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FOREWORD TO THE CONFERENCE PROCEEDINGS OF THE 16TH INTERNATIONAL CONFERENCE ON 
HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS (HEFAT2022-ATE), ONLINE, 8 – 10 
AUGUST 2022 

HEFAT-ATE (HEFAT AND APPLIED THERMAL ENGINEERING) CONFERENCE 

The purpose of most conferences in this field, including this one, is to provide a forum for specialists 
in heat transfer, fluid mechanics, and thermodynamics from all corners of the globe to present the 
latest progress and developments in the field. This will not only allow for the dissemination of the 
state of the art, but it will serve as a catalyst for discussions of future directions and priorities in the 
areas of heat transfer, fluid mechanics, and thermodynamics. Additionally, the purpose of this 
conference is to initiate collaboration in research. 

In 2002, the 1st International Conference on Heat Transfer, Fluid Mechanics, and Thermodynamics 
(HEFAT2002) was hosted in the Kruger National Park, South Africa. In 2003, the 2nd International 
Conference on Heat Transfer, Fluid Mechanics, and Thermodynamics (HEFAT2003) was hosted at 
Victoria Falls, Zambia. The 2004 conference (HEFAT2004) was held in Cape Town and the 4th 
conference (HEFAT2005) took place in Cairo, while the 5th conference (HEFAT2007) was held in Sun 
City, South Africa. The 6th International Conference on Heat Transfer, Fluid Mechanics, and 
Thermodynamics (HEFAT2008) took place in Pretoria. The 7th conference took place in Antalya, 
Turkey while the 8th one (HEFAT2010) was in Mauritius. The 2012 conference (HEFAT2012) was held 
in Malta and the 10th conference was in Orlando, Florida. The 11th conference took place at the 
same venue where HEFAT started, namely in the Kruger National Park, South Africa, and the 12th 
International Conference on Heat Transfer, Fluid Mechanics, and Thermodynamics (HEFAT2016), 
was in Malaga, Spain. The 13th conference (HEFAT2017) was in Slovenia and the 14th International 
Conference (HEFAT2019) was in Wicklow, Ireland. Last year the conference was planned for 
Amsterdam but because of Covid travel restrictions was for the first time presented online. This 
conference, the 16th HEFAT conference is also presented online not only because of Covid but also 
for several other reasons such as the war in Ukraine, international recession, Covid, monkeypox, 
travel restrictions for scholars at several universities, etc.  

The papers in these proceedings will be read over a period of three days from 8 – 10 August 2022, 
and five keynote papers will be presented. The scheduled presentations presented in three parallel 
sessions will no doubt contribute to creating a meaningful forum for discussing the latest 
developments as well as for keeping abreast of the state of the art in heat transfer, fluid mechanics, 
and thermodynamics. 

For this conference and proceedings, all papers were peer-reviewed and 175 papers were accepted 
and published in the conference proceedings. All the papers in the proceedings will be uploaded 
onto the repository of Stellenbosch University (https://scholar.sun.ac.za/) and will be freely available 
for dissemination. To improve dissemination, permission is also granted to all delegates to make 
available the proceedings on their own websites and university repositories. No formal permission is 
required. 

The review policy determined that only original research papers recommended by an independent 
reviewer, who is a distinguished subject specialist in the field of the relevant paper, and the Editor, 
were accepted. A list of all the reviewers who formed the Technical Programme Committee (TPC), 
and who participated in the review process is available on the URL link: 
https://hefat2022.org/committee/ 
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A large number of papers were submitted, and I wish to express my sincere thanks to the reviewers 
whose generous efforts made it possible to select only papers of a high standard for publication in 
the proceedings. Papers were received from 833 authors representing 55 countries. The 10 countries 
with the most authors are India (77), China (61), United Kingdom (60), South Africa (55), Spain (47), 
Turkey (41), Germany (41), Brazil (36), Italy (33) and South Korea (32). 

As conference chair of ATE-HEFAT2022, I know that the success of the conference ultimately 
depends on the many people who have worked with us in the planning and organising of this 
conference. In particular, we thank the International Advisory Committee, Organising Committee, 
Technical Programme Committee, the reviewers who reviewed the papers, the journal Applied 
Thermal Engineering, the company Africa Massive (Pty) Ltd., which was responsible for all logistical 
arrangements, our sponsors (International Centre for Heat and Mass Transfer and the American 
Society for Thermal and Fluid Engineers), the session chairs, the keynote speakers and all the 
delegates who will present papers. All these people contributed to the success of this conference 
and the quality of these proceedings. 

It is thus my pleasure to welcome you now to the ATE-HEFAT2022 conference on behalf of the 
Organising Committee. I trust that this conference will reach the common objective of bringing 
together scientists and engineers, and of inspiring us to uncover, share and glean more knowledge in 
order to tackle humankind’s future problems.  

Prof JP Meyer 
CONFERENCE CHAIR 

Editor of proceedings: Prof JP Meyer 
Proceedings: 16th International Conference on Heat Transfer, Fluid Mechanics and Thermodynamics 
(HEFAT2022) 
Publisher and copyright: HEFAT 
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Proceedings published date: 8 August 2022 
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ABSTRACT 

The global Central Processing Units (CPUs) are expected to 

grow at a significant CAGR of 3.6% by 2028. The major 

factors driving the growth are increasing demand for high 

processing power CPUs in various applications such as 

personal computers, servers, and portable computers, among 

others; growing adoption of enterprise systems that require 

high-performance CPUs with faster processing speed; and rise 

in the number of CPU cores per chip over time. However, 

thermal management is a crucial issue to maintain their 

performance with increasing processing speed and number of 

CPU cores per chip. The conventional fans/blowers are unable 

to maintain required temperature and hence deteriorate CPU 

performance. 

We proposed an innovative miniature indirect evaporator 

cooler for thermal management and local cooling of electronic 

boards, CPU and Graphics Processing Unit (GPU). In proposed 

unit, the humidity of supply air is maintained by separating dry 

and wet channels via thin copper film that also provide good 

heat transfer properties. Thin water layer is maintained through 

wick surface in wet channel to extract heat from supply air 

flowing in dry channel. In order to achieve the objectives and 

evaluate the performance, miniature indirect evaporator cooler 

is designed and most of parts are fabricated using 3D printing 

facility. Extensive experiments are conducted at assorted 

temperature to map the performance for various electronic units 

applications. The result shows that the 200mm x 150mm cell 

with 5 dry and wet channels can achieve up to 40–45Watt 

cooling capacity. Based on 3D printed modular design, it has 

flexibility to improve capacity to match application 

requirements. The proposed miniature cooler can be employed 

for electronic thermal management and maintain low 

temperature to enhance their efficiency and improve processing 

speed. 

NOMENCLATURE 
CPU Central processing units 
CAGR Cumulative average growth rate 

OA Outdoor air 

SA Supply air 
WA Working air 

INTRODUCTION 

Global central processing units (CPUs) and microprocessor 

market is estimated to grow at a CAGR 6.1%, from US$103.0 

billion in 2020 to US$138.2 billion by 2025. The market is 

mainly driven by adoption of Internet of Things (IoT) 

supported devices, consumer electronics demand and cloud-

based equipment and platforms/server environments during the 

COVID-19 pandemic management. There are over 20 

manufacturers but over 70% market is covered by Intel, AMD 

as shown in Figure 1 [1]. 

The GPU and microprocessor solutions offered by Intel, 

AMD and other companies are used by several companies for 

numerous applications. All semiconductors generate heat while 

operating. All conventional methods for processors cooling 

involve air flow heat sink [2]. Generally, there is trade-off 

between airflow and heat sink, small heat sink requires large air 

flow and vice versa, to maintain safe operational temperature. 

However, latest processors with high processing speed and 

more than one CPU cores per chip are unable to use 

conventional thermal management solutions due to high rate of 

heat generation [3,4]. 

Figure 1 Global Intel and AMD CPU market 

Excessive heat not only slow down performance but also 

increase the current and hence power consumption. Most of 

devices use thermal throttling process to prevent overheat. In 

which variable frequency processors control its speed to reduce 

heat dissipation [5]. If thermal throttling fails to control safe 

temperature, component suddenly "stop" working to prevent 

catastrophes failure. Most of manufacturer provide intelligence 

control that prevent components to power back on until reached 
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a safer operating temperature. This kind of untrusted solutions 

cannot be implemented in current competitive environment. 

 

We have proposed an innovative miniature indirect 

evaporator cooler for GPU and microprocessor thermal 

management and local cooling of electronic boards. In contrast 

to direct evaporative coolers, the proposed unit maintain low 

humidity in supply air and hence prevent short-circuits. The 

proposed unit can be fabricated with 3D printer as a modular 

unit, so it has flexibility to improve capacity to match 

application requirements. The proposed miniature cooler can be 

employed for electronic thermal management and maintain low 

temperature to enhance their efficiency and improve processing 

speed. 

 

PROPOSED COOLER PROTOTYPE FABRICATION 
 

Proposed miniature indirect evaporator cooler was 

designed and fabricated using 3D printer as shown in Figure 2. 

It consists of 5 pair of dry and wet channels of length 200mm 

and height 100mm. The channel gap (5mm) is maintained using 

3D printed spacers. For dry channel, Copper film (0.025mm 

thickness) is used as a hydrophobic surface. It also provides 

high heat transfer because of good thermal conductivity 

properties. For wet channel, felt material (hydrophilic surface) 

is glued onto copper film to maintain wet surface. Felt material 

lift the water from bottom water sump through capillary action 

and maintain wet surface for evaporation. 

 

 
Figure 2 Miniature indirect evaporator cooler prototype 

 

 

The theoretical modelling of system can be completed using 

conduction and convection heat transfer correlations based on 

sketch in Figure 3.  Since this article is only present 

experimental results so theoretical model is not presented here. 

 
Figure 3 Sketch for theoretical modelling [6]. 

EXPERIMENTATION 
 

Outdoor air (OA) temperature is simulated using heat gun to 

evaluate supply air (SA) temperature for assorted conditions. A 

forced draft blower fan push OA through dry channel at 

1.16m/sec velocity. The working air (WA) enters into wet 

channel from sides, pulled by induced draft blower fan. It 

extract heat from dry channel using evaporative potential of 

thin water film on hydrophilic surface. Experiments were 

conducted at assorted OA temperature and detailed results are 

presented in following section. 

 

System has extensive instrumentation to capture all possible 

operational parameters detail. The detail of instrumentation and 

their accuracy is presented in Table 1. RS data logger (Easylog 

EL-SGD 43-ATP panel) was installed for temperature trends. 

 

 

Table 1 Instrumentation detail 

 

Sr 

# 

Instrument Range Accuracy 

1 Temperature prob 0-80C ±0.15C 

2 TA440 Air Velocity 

Meter 

0-5m/s ±1% FS 

 

 

RESULTS & DISCUSSION 
 

First experiment was conducted at 50C OA temperature and 

traces are presented in Figure 4. It can be seen clearly that 

cooler was able to maintain 29.3 C SA temperature.  It can also 

be noticed that stable operation condition was achieved within 

100-200 seconds that shows good air flow management and 

robust design. Over 3 hours experiment shows stable operation 

that maintained almost same temperature all the time. 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 4 Temperature profiles of proposed cooler 

 

Experiments were repeated for assorted OA conditions and 

cooling capacity was evaluated using equation 1. Table 2 

present the summary of all experimental results. 
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Where Td,in and Td,out are dry channel inlet and outlet 

temperatures.  

 

Table 2 Summary of experimental results 

 
 

It can be clearly seen that cooler successfully maintained 

SA temperature below 30C for all OA conditions as per design. 

The cooling capacity varies with OA temperature because of its 

passive operation. Summary table provide good benchmark for 

future large-scale design as capacity is directly proportional to 

number of dry and wet channel pairs. 

 

It also important to mention that since all operational values 

are captured in real time so all losses and heat transfer 

resistances involved are already considered. We no need to 

consider any loss or resistance during calculations. 

 

CONCLUSION  
 

A miniature indirect evaporative cooler is designed, 3D 

printed and tested at assorted conditions for central processing 

units (CPUs) and microprocessors thermal management. It 

shows that 5 pairs of dry and wet channel of 200mm long and 

100mm high can produce 40watt cooling at 50C outdoor air 

temperature. This can be used as a benchmark for different 

unit’s design. 
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ABSTRACT 
Injection moulding is an efficient industrial method for mass 

manufacturing and the cooling of high temperature patristic 

materials. However, the complexity of the moulding set 

configurations is challenging by following the traditional 

manufacturing methods. The development of three-dimensional 

(3D) printing technique makes it possible for the mould design to 

follow the shape of the plastic product and the conformal cooling 

channel layout to increase the thermal management efficiency. In 

the present study, a novel conformal cooling tapered channel is 

designed for cooling a proposed injection moulding product. To 

enhance its heat transfer performance, the body-centered cubic 

(BCC) lattice structure is inserted inside the channels. The 

numerical thermal simulations are performed to investigate the 

tapered channels without and with lattice. The cooling time, 

temperature non-uniformity and pressure drop are evaluated. 

Compared with the straight cooling channel, the tapered channels 

are found to be able to shorten the cooling time above 50%. The 

existence of BCC lattice inside the tapered channel enhances the 

cooling time up to 6%. The best trade-off optimal diameters of 

two different tapered channel types are identified through multi-

objective optimization. The optimal tapered cooling channels are 

then manufactured through 3D printing, then the X-ray CT 

scanning is applied to examine the internal cooling channel and 

BCC structures of printing moulding part. The small 

manufacturing error can be found on the internal tapered cooling 

channel and BCC structure with the design. 

1. INTRODUCTION
Injection molding is typically used in fabricating large volume

production of the same product by injecting melt material into a 

mold. The main steps of the injection molding manufacture 

include injection, packing, cooling and ejection [1]. The time for 

the completion of four steps is called cycle time [2] and cooling 

time accounts for up to 80% of the total cycle time [3]. A 

successful cooling system design can cool down the product 

quickly and uniformly. 

NOMENCLATURE 
Cp [J/kg℃] Specific heat capacity 

D [mm] Diameter of cooling channel 

f Pareto frontier 

f* Normalization value of f 

fU Utopia values of f 

fPN Pseudo nadia values of f 

p [Pa] Pressure 

T [℃] Temperature 

t [s] Time 

U [V] Voltage 

�⃗� [m/s] Coolant velocity 

w Weightage value 

wwwww

Greek Symbols 

λ [W/m℃] Thermal conductivity 

μ [Pa·s] Dynamic viscosity 

ρ [kg/m3] Density 

Subscripts 

CT Cooling time  

PD Pressure drop 

TN Temperature nonuniformity 

WS Weighted-sum 

In recent years, with the help of 3D printing [4, 5], conformal 

cooling channel (CCC) [6] is emerging as an alternative for the 

traditional straight cooling channel. The cooling pathway of 3D 

printing based CCC closely follows the structural shape of 

product and is not confined in straight holes. The design 

processes of CCC highly rely on Computer-Aided engineering 

(CAE) techniques [7], such as Computer-Aided design (CAD) 

and computational fluid dynamics (CFD). CCC can be designed 

by CAD software based on the shape of the product. And then the 

thermal and mechanical performance of the designed CCC, such 

as cooling time, fatigue life and temperature distribution of the 

product, can be evaluated by computer fluid dynamics (CFD) 

software. The CFD results can be further analyzed by 

optimization techniques, such as design of experiment (DoE) and 

expert algorithm. And thereafter, the best CCC design with 
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optimal dimensions can be determined and 3D printed. The 

design, simulation, optimization, and manufacturing steps form a 

comprehensive process that provides fast, reliable, and affordable 

solutions in the industry. More details about the integrated 

process can be found in our review study [7]. And many 

publications [8, 9] have proven the advantages of CAE techniques 

in CCC design and study. 

With the developments of additive manufacture technologies, 

the lattice structures have been designed and proposed as 

supporting structures inside the CCCs [10]. Lattice structures are 

cellular materials by repeating the unit cells regularly inside the 

CCCs [11]. The supporting lattice structures can strengthen the 

mechanical strength and increase the printability of additive 

manufacture by decreasing the span of the overhang regions [12]. 

Besides, the lattice structures can enhance the heat transfer by 

increasing the interfacial heat transfer surface areas and fluid 

vorticity [13, 14]. The integration of lattice with CCC has been 

widely investigated by researchers. Yun et al [15] conducted 

experiment and simulation to investigate the thermal and 

mechanical performance of the graded lattice structures which are 

novel designed. The results were compared with the normal 

uniform lattice structures under different operating conditions. 

Wang et al [16] proposed an experimental validated numerical 

model based on Boltzmann method to investigate the heat 

conductivity effectiveness of lattice structures with various 

topologies. They pointed out that these lattice structures could be 

widely employed in advanced heat exchanger applications. Tan 

et al [17] optimized a lattice structure support unit filling inside 

the CCCs. The support unit could enhance the manufacturability 

of additive manufacture by suppressing the collapse and warpage 

failures of the overhang structures of CCCs. Their injection 

molding simulation analysis revealed that the support unit could 

improve the cooling efficiency. Our research team [18] designed 

conformal cooling cavity supported by lattice structures and 

conducted numerical investigation by using ANSYS software. 

The results proved that due to the large fluid volume fraction, the 

cooling performance of conformal cooling cavity is significantly 

enhanced compared with the traditional straight channel. 

However, the mechanical performance of the designed conformal 

cooling cavity was not satisfied, and further improvement studies 

are ongoing. 

In the present study, a novel conformal cooling tapered channel 

is designed for cooling a proposed injection moulding product. 

To enhance its heat transfer performance, the body-centered 

cubic (BCC) lattice structure is inserted inside the channels. The 

numerical thermal simulations are performed to investigate the 

tapered channels without and with lattice in terms of different 

channel diameters. The cooling time, temperature non-uniformity 

and pressure drop are evaluated. The best trade-off optimal 

diameters of two different tapered channel types are identified 

through multi-objective optimization. The optimal tapered 

cooling channels are then manufactured through 3D printing, then 

the X-ray CT scanning is applied to examine the internal cooling 

channel and BCC structures of printing moulding part. In this way, 

a comprehensive process that integrated design, simulation, 

optimization and manufacturing of CCC is completed. 

 

  

2. CONFORMAL COOLING CHANNEL DESIGN AND 
SIMULATION 
 
2.1 CONFORMAL COOLING CHANNEL DESIGN 

A tapered channel with gradually increasing diameter is 

designed after rearranging the main coolant channel as given in 

Figure 1. The channel diameter is increasing from D1 to D2. D1 

is small because this value needs to be fitted with the main coolant 

channel. In the forepart of the channel, the diameter gradually 

increases to D2 and this part is inside the plastic product. To 

ensure the 3D printability of the tapered channel, the BCC lattice 

structures are filled inside the tapered channel as shown in Figure 

1(b). The BCC lattice structure can also increase the turbulence 

inside the cooling channel.  

  

 
Figure 1 Schematic of injection molding with conformal cooling 

channel: (a) tapered channel; (b) tapered channel with BCC 

lattice. 

 

2.2 SIMULATION 
Figure 2 gives the thermal simulation model of the injection 

molding with two tapered cooling channels. In the thermal 

simulation, the thermal physical properties of the stainless steel 

and PBT are viewed as constant and independent of temperature. 

 
Figure 2 Thermal simulation models of injection molding with 

tapered cooling channels without and with BCC 

In this study, the cooling process of the injection molding is a 

three-dimensional unsteady heat transfer process. It contains 

conservation equations for mass, momentum and energy. ANSYS 

Fluent 19.2 is used to solve these governing equations. The 

conservation equations of mass, momentum and energy are given 

by:  

Conservation equation for mass: ∇ ∙ �⃗⃗⃗� = 0                               (1) 
Conservation equation for momentum:  

ρ (
𝜕�⃗⃗⃗�

𝜕𝑡
+ �⃗⃗⃗� ∙ ∇�⃗⃗⃗�) = −∇𝑝 + 𝜇∇2�⃗⃗⃗�                                               (2) 

Conservation equation for energy:  

ρ𝐶𝑝 (
𝜕𝑇

𝜕𝑡
+ �⃗⃗⃗� ∙ ∇𝑻) + ∇ ∙ (−𝑘∇𝑇) = 0                                       (3) 

The thermal geometric models are discretized by using 

tetrahedral mesh.  The mesh near plastic product and the tapered 
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channels are refined because these areas have high temperature 

gradient and intense flow turbulence. The independent check of 

mesh and time step were done firstly. The mesh number of 1.2 

million and time step of 0.1s were chosen [9]. The turbulence 

standard k-ε model is adopted in this study. The SIMPLEC 

algorithm solves the conservation equations for mass and 

momentum during the thermal simulations. The second-order 

upwind is applied as the spatial discretization schemes. In the 

simulation, the inlet and outlet boundary conditions are velocity 

inlet and pressure outlet respectively. The coolant inlet volume 

flow rate is 10L/min. The coolant inlet temperature is 298K, the 

plastic product walls are in coupled boundary condition for all 

thermal simulations. The coolant temperature inside the auxiliary 

cooling channel is kept at 323K and the boundary condition is 

convective heat transfer. In order to validate the simulation results, 

the cooing time and the plastic temperature after cooling 10s are 

compared with the experimental results. The cooling time is the 

time when the plastic temperature is reduced to the ejection 

temperature. The experiment channel is traditional straight 

cooling channel. The cooling time and plastic temperature after 

10s cooling are 7s and 338K while the numerical results are 6.5s 

and 333K. The experimental validation results [9] showed that 

the relative error between simulation and experimental cooling 

time is 7.14% and the relative error of plastic temperature after 

cooling 10s is as low as 1.48%. The low relative error proves that 

the accuracy of the thermal simulation and the numerical 

procedures is reliable. 

 

3. Meta-model and multi-objective optimization 
Before optimization, the general cooling performance should 

be defined within the design space. A simulation case with certain 

D1 and D2 gives the numerical results for a specific point inside 

the design space. Multiple simulation points together inside the 

design space can reveal the information about the cooling 

performance roughly. Large number of simulation points can 

provide the detailed and accurate information, however, the 

computational effort and cost will be large. To balance the 

simulation number and computational effort, metamodels are 

widely applied. Firstly, a certain number of simulation cases are 

performed to obtain sufficient information of cooling 

performance in the design space. After that, metamodel 

approaches are applied to predict the overall information. To this 

end, the performance maps of two tapered channels for all 

objectives can be generated within the design space. The 

metamodel in this study was developed via the neural network 

[19]. The numerical results of the performance map can be 

viewed as the initial population during the multi-objective 

optimization. 

In this study, the multi-objective optimization was performed 

by using the MATLAB Optimization Toolbox. There are three 

steps for the multi-objective optimization. In the first step, the 

borders of the feasible solutions are generated by Pareto frontier 

plot. This step is automatically processed by Matlab after input 

the objective functions, constraints and lower/upper bounds. The 

initial population is the performance map of three objectives 

obtained by Metamodel. The second step is the normalization of 

objective function by the utopia and pseudo-nadir values as 

defined by Eq (4). Three objectives, i.e., cooling time, 

temperature non-uniformity and pressure drop, are needed to 

minimize in the optimization. The weighted-sum method was 

employed for obtaining the best trade-off points for two tapered 

channels. The weightage values for these three objectives are 

w_CT, w_TN and w_PD. The weighted-sum (WS) method is 

defined by Eq (5) 

𝑓∗ =
𝑓−𝑓𝑈

𝑓𝑃𝑁−𝑓𝑈
                                             (4) 

𝑊𝑆 = 𝑓𝐶𝑇𝑤𝐶𝑇 + 𝑓𝑇𝑁𝑤𝑇𝑁 + 𝑓𝑃𝐷𝑤𝑃𝐷      

where       𝑤𝐶𝑇 + 𝑤𝑇𝑁 + 𝑤𝑃𝐷 = 1                        (5)             

4. 3D printing and X-ray CT scanning 
Direct metal laser sintering (DMLS), as an additive 

manufacturing technique for metal 3D printing, was chosen for 

printing the conformal cooling channel in this study. The powder 

used in this study is maraging steel. The standard and diagonal 

scanning methods were chosen in this study because these two 

can provide better densification performance compared with 

other methods. Figure 3 shows the printing results of the insert 

with tapered cooling channel filled with BCC. It is observed that 

in Figure 3(a), the insert printed by standard scanning method has 

very serious delamination problem. And in Figure 3(b), the one 

using diagonal scanning method is printed successfully. Thus, the 

diagonal scanning method is used in this study. 

 

            

Figure 3 DMLS processed Mold 1_BCC lattice filled samples 

using: (a) the standard scan strategy, and (b) the diagonal scan 

strategy 

To examine the internal condition, the X-ray CT scanning is 

applied to check the 3D printing results of internal cooling 

channel and BCC structure. Figure 4 presents the schematic of X-

ray CT scanning system. The printing inserts are placed on a 

rotation platform. The X-ray source emits a cone-beam X-rays 

passing through the printed inserts. The 2D projections of 

different perspectives are generated on the detector. Lots of 2D 

CT images are stacked into the final 3D result. In this study, the 

voltage and current of the X-ray source were kept at 450kV and 

0.7μA separately. The spatial resolution of the scanned 2D image 

was 0.05mm. The rotation step of the platform is 0.9°, which is 

set as the acquisition interval of 2D image. Totally, four hundreds 

of 2D CT scanning images were acquired and reconstructed into 

CT image of 3D volume. The software VGStudio MAX 3.4 

(Volume Graphic GmbH) was employed to visualize the tapered 

channels and BCC structure inside the printing inserts. To 

evaluate the 3D printing performance quantitatively, the cross-

section diameters of the tapered channel were measured by using 

(a) (b) 
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the CT scanning image process software. For both tapered 

channel without and with BCC, the diameters at different 

locations were consideration. The relative error between target 

diameter and the real printing diameter was defined as the DMLS 

manufacturing error: 

 Error =
|xM−xD|

xD
× 100%                                   (6)             

where XM and XD are the measured and designed target diameters, 

respectively. 

 

 
Figure 4 Schematic of X-ray CT scanning system 

     

 

5. RESULTS AND DISCUSSION 
5.1 SIMULATION RESULTS 
 

  

  
Figure 5 Performance maps of tapered CCC and tapered CCC 

with BCC when water inlet temperature and flow rate are 298K 

and 10Lmin, (a) cooling time, (b) temperature non-uniformity 

and (c) pressure drop. 

 
In the simulation, the diameter Dl is from 2.1mm to 2.5mm 

with 0.1mm intervals and the diameter D2 is between 3mm and 

4mm with 0.25mm intervals. There are totally 25 different 

diameter combinations. The simulation results of these 25 cases 

show that the cooling time for tapered channel is ranging from 

2.8s to 3.2s while the values for tapered channel with BCC is 2.6s 

to 3s.  Compared with the straight cooling channel whose cooling 

time is 7s, the tapered channels can shorten the cooling time 

above 50%. When adding BCC inside the tapered channel, the 

cooling performance is enhanced up to 6%. Enlarging the 

diameter D2 from 3mm to 4mm, the cooling time can be further 

saved. 

Based on the simulation results of these 25 different D2/D1 

values, the performance maps of the cooling time, pressure drop 

and temperature non-uniformity are generated by the metamodel. 

Figure 5 shows the performance maps of the tapered channels 

without and with BCC. The numerical values in this figure are 

used as the initial population in the following multi-objective 

optimization. 

 

 

5.2 Multi-objective optimization 
Figure 16 gives the Pareto Frontier plots generated by 

MATLAB for the tapered cooling channels without and with 

BCC lattices. All three objectives are important for the cooling 

performance of injection molding. Thus, equal weights were set 

for three objections, i.e., the weight for each objective is 1/3. For 

both two tapered channels, the trade-off points are achieved when 

the diameter D1 is 2.5mm and D2 is 3.8mm. The value of D1 is 

its upper bound while the value of D2 is near the upper bound, 

which means even though large diameter results in higher 

temperature non-uniformity, it is benefit on lower pressure drop 

and cooling time.  

 
Figure 6 Pareto frontier results of tapered channel without and 

with BCC 

 

5.3 3D printing and X-ray CT scanning 
In this study, the laser scan spacing and layer thickness were 

kept at 0.06mm and 0.02mm, respectively. The laser beam power 

and scan rate were changed to find out the best parameters for 

printing. After trying several times, it is found that with 120W 

laser beam power and 1594mm/s scan rate, the product can be 

printed successfully. 

For both tapered channel without and with BCC, the diameters 

of 7 positions were consideration. These positions are presented 

in Figure 7(a). The diameters Φ1~ Φ4 were used to check the 

printability of inlet and outlet channels where the target diameters 

are 2.5 mm, andΦ5~ Φ7 were compared to the enlarged channels 

with target diameters of 3.8 mm. For tapered channel with BCC, 

(a) (b) 

(c) 
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the diameters of four BCC struts were also measured. Table 1-5 

shows the comparison results between the designed target 

diameter and the real diameter measured by X-ray CT scanning. 

The manufacturing errors in Table 1 and 2 are lower than 3.2%, 

which proves that the internal tapered cooling channel are with 

high quality. The manufacturing error in Table 4 is around 15%. 

As in this case, the deviation between target diameter and real 

diameter is only 0.08mm, the printing quality of BCC structure is 

considered satisfying. Therefore, two inserts with optimized 

tapered channel diameters and with BCC structure are fabricated 

successfully by 3D printing. 

 
Figure 7 X-ray CT scan results of (a) tapered channel without 

BCC; (b) tapered chananel with BCC 

 

Table 1 The validation of channel D between target D and 

real D for tapered channel without BCC (Unit: mm) 

 Φ1 Φ2 Φ3 Φ4 Φ5 Φ6 Φ7 

Target 

D 

2.5 2.5 2.5 2.5 3.8 3.8 3.8 

Real 

D 

2.44 2.48 2.44 2.44 3.70 3.84 3.84 

Error 2.4% 0.8% 2.4% 2.4% 2.6% 1.1% 1.1% 

 
Table 2 The validation of channel D between target D and 

real D for tapered channel with BCC (Unit: mm) 

 Φ1 Φ2 Φ3 Φ4 Φ5 Φ6 Φ7 

Target 

D 

2.5 2.5 2.5 2.5 3.8 3.8 3.8 

Real 

D 

2.42 2.46 2.44 2.48 3.76 3.82 3.86 

Error 3.2% 1.6% 2.4% 0.8% 1.1% 0.5% 1.6% 

 

Table 3 The validation of BCC strut D between target D and 

real D for tapered channel with BCC 1 (Unit: mm) 

 Φ1 Φ2 Φ3 Φ4 

Target D 0.5 0.5 0.5 0.5 

Real D 0.44 0.5 0.52 0.44 

Error 12% 0 4% 12% 

 
Table 4 The validation of BCC strut D between target D and 

real D for tapered channel with BCC 2 (Unit: mm) 

 Φ1 Φ2 Φ3 Φ4 

Target D 0.5 0.5 0.5 0.5 

Real D 0.42 0.52 0.46 0.44 

Error 16% 4% 8% 12% 

 
Table 5 The validation of BCC strut D between target D and 

real D for tapered channel with BCC 3 (Unit: mm) 

 Φ1 Φ2 Φ3 Φ4 

Target D 0.5 0.5 0.5 0.5 

Real D 0.48 0.46 0.5 0.44 

Error 4% 8% 0 12% 

 

6. CONCLUSIONS 
    In this study, a comprehensive analysis on the design, 

simulation, optimization and manufacturing of the CCC in 

injection molding was performed. A tapered cooling channel was 

designed firstly and for increasing its heat transfer performance, 

the BCC lattice structures were added inside the tapered channel. 

Different channel diameters were considered. D1 was ranging 

from 2.1mm to 2.5mm and D2 was ranging from 3mm to 4mm. 

The performance of two tapered channels were analyzed from the 

viewpoints of cooling time, temperature non-uniformity and 

pressure drop. Multi-objective optimization was done with these 

three objectives and after that, two tapered channels were 

manufactured by three-dimensional printing with the resulting 

optimal diameter design. The fabricated channels were examined 

by CT scanning. The following conclusions can be drawn: 

1. Compared with the straight cooling channel, the tapered 

channels shortened the cooling time above 50%. When adding 

BCC inside the tapered channel, the cooling performance was 

enhanced up to 6%. Enlarging the diameter D2 from 3mm to 4mm, 

the cooling time could be further saved.  

2. The weight used in the multi-objective optimization for each 

objective was 1/3. For both two tapered channels, the trade-off 

points were achieved when the diameter D1 is 2.5mm and D2 was 

3.8mm.  

3. Direct metal laser sintering was chosen for printing the 

conformal cooling channel and the diagonal scanning method 
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was used. When the laser scan spacing and layer thickness were 

kept at 0.06mm and 0.02mm, the product was printed 

successfully with 120W laser beam power and 1594mm/s scan 

rate.  

4. The 3D printed product was examined by X-ray CT scanning. 

The manufacturing errors between the designed target diameter 

and the real diameter were very low. Two inserts with optimized 

tapered channel diameters and with BCC structures were 

manufactured successfully by 3D printing. 
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ABSTRACT 
A Compound Parabolic Concentrator (CPC) can be used 

to capture and focus solar radiations onto an absorber, for 

conversion of radiation to heat. The benefit of using a CPC is 

that solar tracking is not needed within the range of acceptance 

angles for the CPC. The drawback is that the concentration ratios 

becomes less for point focusing reflectors. As a 3D CPC with 

reflecting surface is not trivial to construct, the surface has been 

strongly simplified by using two sets of 4 flat mirrors in a 

squared channel arrangement. The case considered is a CPC with 

1.2 m height, 0.75 m opening and a cylindrical absorber with 0.2 

m diameter and 0.25 m height at the bottom of the CPC. The 

resulting concentration ratio is about 3 for the selected 

acceptance angle of 15 degrees.  

The height separating the 4 lower mirrors from the 4 upper 

mirrors has been optimized using an in-house ray tracer. The 

interception ratios have been determined from ray tracing 

simulations for all acceptance angles, varying the separation 

height of the mirrors. As the concentration ratio is quite small, 

the interception ratios are quite good, and the optimum dividing 

position of the mirrors are about 25% of the height of the CPC.  

This simplification of a 3D CPC can be easy to construct 

and applied for heating a stationary absorber. 

INTRODUCTION 
Solar concentrators are useful for collecting high 

temperature thermal energy, and may also be useful for 

concentrating Photo Voltaic applications. These concentrators 

are classified based on their concentrating ratios, focal type, 

tracking systems and their operating temperature, with respect to 

the type of applications [1]. 

A Compound Parabolic Concentrator (CPC) is a non-imaging 

concentrator capable of reflecting incident radiation on an 

absorber within a wide range of acceptance angles. CPCs can be 

used for collecting solar heat for a variety of applications [2].  

The general principles and geometry of the 2D CPC was 

described by Winston in 1974 [3]. Later, Rabl and Winston [4] 

and Winston and Hinterberger [5]  provided further explanation 

and analysis in terms of the optical and thermal performance of 

the CPC. 

The CPC aperture diameter is limited and increases with 

concentration ratio but decreases with acceptance angles. A 

useful property of a CPC is that the incoming rays can exit the  

NOMENCLATURE 

 a 

𝐴𝑎𝑏

[m]  

[𝑚2] 

Radius of exit opening 
Absorber area 

𝐴𝑎𝑝

c 

C 

𝐾𝛼𝜏

R 

s 

[𝑚2] 

[ ° ] 
[ - ] 

[ - ] 

[ - ] 

[ ° ] 

Aperture area 

Cos𝜃𝑖

Concentration ratio 

Incident angle modifier at a given incident 

angle 
The factor for which the CPC ring position was 

increased 

Sin𝜃𝑖

x [m] Cartesian x axis direction

y [m] Cartesian y axis direction

z [m] Cartesian z axis direction 

Special characters 

α [-] Absorptivity of the absorber 

𝜂 
𝜃𝑐

𝜃𝑖  

[-] 

[°] 
[°] 

Efficiency 
Acceptance half angle 

Acceptance angle 

𝜌 [-] Reflectivity of the reflector 

𝜏 [-] Transmittance of the glass envelope 

Subscripts  

ab  

ap 

Absorber 

Aperture 
n Solar radiation incident normally on an aperture 

area 

o Optical 

α Absorptivity of the absorber  

𝜏 Transmittance of the glass envelope 

bottom aperture. In our case, an absorber is placed inside the 

CPC. This can be a stand-alone heat storage unit or an absorber 

connected to a heat transfer loop.  

The size of the absorber determines the concentration ratio, and 

thus the rate of change of temperature in the absorber. The 

concentration ratio, given by: 

𝐶 =
𝐴𝑎𝑝

𝐴𝑎𝑏

     (1)   

where C=concentration ratio, 𝐴𝑎𝑝 is aperture area and 𝐴𝑎𝑏 is

the absorber area.  
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The available power will depend on the opening of the CPC and 

the acceptance angle. The heating rate of the absorber will 

depend on the optical efficiency of the system. The stagnation 

temperature, where the heating power balances the losses, will 

depend on the insulation and the convection losses can 

tentatively be reduced by inserting a glass plate above the 

absorber.  

 

Rabl [6, 7] showed that the maximum ideal concentration ratio 

for a 2D CPC is the reciprocal of the sine of the acceptance half 

angle, 𝜃𝑐: 

 

    𝐶 =
1

𝑆𝑖𝑛𝜃𝑐
                                                                             (2)   

 

For a 3D CPC, the maximum ideal concentration ratio is the 

reciprocal of the square of the sine of the acceptance half angle: 

 

    𝐶 =
1

𝑆𝑖𝑛2𝜃𝑐
                                                                            (3)   

 

The optical performance of the CPC collector can be expressed 

in terms of useful energy extraction from the CPC collector as 

the fraction of the reflected radiation that is incident on the 

absorber [8, 9]. The optical efficiency, 𝜂0(𝜃) takes into account 

the limitations arised from geometric designs and losses owing 

to imperfection of reflectors, absorbers and any covers. The 

overall optical efficiency can be summarized as: 

 

𝜂0(𝜃) = (𝜌(𝜃)𝜏(𝜃)𝛼(𝜃))𝑛𝐾𝛼𝜏(𝜃)                                (4) 

 

where, 𝜌 is the reflectivity of reflectors considering the number 

of reflections, 𝜏 is the transmissivity of any cover system on the 

absorber, 𝛼 is the absorptivity of the absorber. The subscription 

n means solar radiation is incident normally on aperture area, and 

𝐾𝛼𝜏 is incidence angle modifier used to account for deviations 

from normal of the angle of incidence of the radiation on the 

aperture. In our case, we may obtain good reflectivity using 

silver mirror surfaces. Our challenge is on the ray interception 

on the absorber for a strongly simplified geometry of a CPC. 

Thus, the absorber dimensions plays a crucial role on the optical 

efficiency in our case.  

Figure 1 shows how a CPC is constructed from two parabolic 

shapes which are rotated and shifted such that the focal point of 

one parabola is located on the wall of the other parabola. This 

surface is now tiled with 8 flat mirrors, 4 on the lower part and 4 

on the upper part, giving the shape of a quadratic funnel. The 

mirrors meet at the division height R, which is to be optimized.  

The interception ratios of the incoming rays on a cylindrical 

absorber positioned inside the CPC is determined using ray 

tracing. In order to analyze a CPC and 3D ray tracing, an existing 

ray tracer was extended with 2D and 3D CPC components. 

 
Figure 1 A CPC is made of two parabolas (black and red). The 

CPC is simplified with flat mirrors (blue). The dividing height 

R is optimized for best ray interception with the absorber  

 

 
3D RAY TRACING 

Ray tracing is a commonly used method for optimizing 

optical systems. Ray tracing follows the paths of rays from an 

origin, through a system of reflecting surfaces in CPCs until the 

rays hits an absorber or leaves the CPC as backscatter. 

An in-house program (TraceIt), programmed in C++ with Qt and 

OpengGL has been extended for the case of 2D CPC and 3D 

CPC. The user interface is constructed using the Qt library, and 

the OpenGL library for the 3D graphical visualization, see a 

short description in [10]. The rays can be visualized as lines, 

points or as colors on the surfaces. A screen capture of the 

program is shown in Figure 2 with the square shaped CPC case. 

Panels are the basic elements in the ray tracer, they can be 

absorbers, reflectors or refractors. The 3D model view of the data 

is incorporated where panels can be selected for translation, 

rotation or deletion. 

Tracelt gives the user options to set up different type of 

geometrical shapes (eg. cylinder, flat panels, spheres, parabolas, 

CPCs, Scheffler, light guides, lens) which can be defined as 

reflectors or absorbers. The sun is user specified (sun angle, 

density of sun points and direction). In our case, a particular 

computational loop was implemented, where the height R 

between the mirrors could be varied in steps. For each step, the 

mirror geometries were determined from the CPC equations, and 

the solar angles were scanned for computations of the 

interception ratios. The reflectivity was assumed to be 100% 

such that mirrors imperfections and reflection losses were 

ignored.  

When the ray tracing is finished, data generated by the Tracelt 

are saved in a text file for further processing and graphical 

presentation with other software systems, such as MATLAB. 
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Figure 2 The screenshot of the Tracelt program 

 
ALGORITHM FOR A 3D CPC SURFACE 

The basic equations solved in a ray tracer are those to find 

intersections between a line and a surface and then to compute 

the reflected ray from the incoming ray and the surface normal 

vector at the intersection point. An intersection point (P) on the 

surface can be reached from the ray origin point (S) by advancing 

u units along the unit direction vector (d) of the ray. 

 

   �⃑� = 𝑆 + 𝑢𝑑                                                                           (5) 

 

A surface, which can be cylinder, sphere, flat plate etc. can be 

described by an algebraic relation. For a CPC, this relation is 

given in Equation 6 [11]. 

 

 ((𝑟 + 𝑎)𝑐 + 𝑧𝑠)2 = 4𝑎(1 + 𝑠)(𝑧𝑐 − 𝑟𝑠 + 𝑎)                        (6)                                                  

 

where 𝑟 = √𝑥2 + 𝑦2,  𝑐 = 𝐶𝑜𝑠𝜃𝑖  , 𝑠 = 𝑠𝑖𝑛𝜃𝑖, 𝜃𝑖 =acceptance 

angle, a= radius of exit opening. 

 

Assuming the starting point of the sun to be S(𝑠𝑥, 𝑠𝑦 , 𝑠𝑧). The 

components of parametric equation for each ray can be described 

as: 

 

{

𝑥 = 𝑠𝑥 + 𝑢. 𝑑𝑥

𝑦 = 𝑠𝑦 + 𝑢. 𝑑𝑦

𝑧 = 𝑠𝑧 + 𝑢. 𝑑𝑧

                                                                          (7) 

 

where (𝑠𝑥, 𝑠𝑦 , 𝑠𝑧) are the initial sun points and (𝑑𝑥, 𝑑𝑦, 𝑑𝑧) are 

the direction vectors. 

 

Equation 5 on component form is then substituted into Equation 

7 (for the coordinates x, y, z) which gives an equation for u. With 

the normal vector (�⃑� ) computed at the resulting intersection point 

(P), the reflected ray has the direction (𝑟 ), given by: 

 

               𝑟 = 𝑑 − 2(𝑑 ∙ �⃑� )�⃑�                                                     (8)                                                           

 

For a 2D CPC, the solution for u can be solved analytically, 

but for a 3D CPC, the solution for u was obtained using a 

numerical solver (bisect iteration method). 

 

PARAMETERS 
Reflector 

The 3D CPC with a height of 1.2 m is used as the reflector. The 

8 flat mirrors making the CPC can be geometrically described as 

a tiled CPC surface with 2 rings and 4 sectors. The CPC aperture 

diameter varies inversely with the acceptance angles. Higher 

acceptance angles capture rays over wider incident sun angles, 

but leads to lower concentration ratios (ratio between reflector 

opening and absorber area). Therefore, CPC with 0.75 m 

aperture diameter and 15 degrees acceptance angle was enough 

to give high interception values and concentration ratios of about 

3. 

 

Absorber 

A cylindrical absorber with 0.20 m diameter and 0.25 m length 

is used. The exit design opening of the CPC is 0.3 m diameter, 

which is larger than the absorber diameter. The CPC walls are, 

however, made to extend beyond the 0.3 m design opening. As 

the cylinder is inserted into the CPC, it will capture rays on the 

side walls, including rays which would otherwise pass through 

the CPC exit opening. Such rays can now be reflected back from 

the CPC receiver to the absorber.  

 

The Sun 

To ensure acceptable computation times (minutes) and a 

reasonable number of rays for the visualization, a sun grid of 

0.02 m was chosen.  

 

RESULTS AND DISCUSSION 
To determine the effects of the ring positions on the interception 

ratios on the absorber, a 3D CPC with rings placed at different 

positions (R in Figure 1) were tested. Figure 3 shows the 3D CPC 

with the rings arranged in order of their increasing positions in 

terms of fractions of the CPC height (R values equal to the CPC 

height).  

 

 
 

Figure 3 The 3D CPC with a cylindrical absorber and rings 

separating the flat mirrors at ratios R of the CPC height  
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The simulation is done for the CPC with the similar opening 

aperture. The total area of the mirrors may change depending on 

R, but the aperture area is the same.  

Using ray tracing, the sun angles are scanned over the acceptance 

angles and the interceptions on the absorber for each ring 

positions, R were obtained. 

The 3D ray tracing simulations have been performed to 

investigate the following issues for a 2 rings and 4 sectors 3D 

CPC with a cylindrical absorber: 

 

Sun Angle Interceptions for Changes in Ring Positions 

Ray tracing have been performed to determine the changes in 

interceptions for different ring positions and all sun angles. 

Interception values increases as approaching lower sun angles. 

Moreover, the ring position at a R factor 2.5 showed the 

maximum interception values, as appeared on Figure 4. Above a 

factor 2.5, interception values decreases with increasing ring 

positions, with the worst case at a factor of 8. Optimizing ring 

positions helps in the designing of the suitable size of the CPC 

mirrors for optimal collection of solar radiations. 

It is worth noting that we scan the ray tracing for sun angles for 

exceeding the design values for the acceptance angles (double 

the value). This is to show that some absorbance can still be 

achieved even for sun rays beyond the design values for the 

acceptance angles.  

 

 

Figure 4 Sun angle interception curves for changes in ring 

positions. The numbers, 0.5 to 8 are the factors for which the 

ring position, R factor was increased 

 
Averaged Interceptions for Changes in Ring Positions 

Figure 5 shows the averaged interceptions for increasing sun 

angles from vertical and for different rings positions. At each sun 

angle in Figure 5, the average value is computed from 0 (vertical) 

to the actual sun angle value (accumulated average). The 

averaged interception values decreases with increasing sun 

angles, as the interception decreases with the sun angle (Figure 

4). The averaged interceptions increases from a ring positioned 

at a R factor of 0.25 to the maximum at 2.5. Beyond R factor of 

2.5, averaged interception decreases with increasing ring 

positions.  

              

 
 

Figure 5 Averaged interception for increasing sun angles from 

vertical. The numbers, 0.5 to 8 are the factors for which the ring 

position, R factor was increased 

 
Sensitivity of Sun Angles on the Interceptions  

Interception curves with their corresponding ring positions at 

different sun angles are shown in Figure 6. The maximum 

interceptions are for small solar angles, and quite independent of 

the ring position. For higher sun angles, the optimum ring 

position is for a R factor about 2.5. 

 

 
 

Figure 6 Interceptions with ring positions for sun angles 

positioned vertical, 5, 10 and 15 degrees 

 

Interceptions with Ring Positions for All Sun Angles 

Interceptions on the absorber for different ring positions for all 

sun angles are shown in Figure 7. Starting from the top curve, 

each curve shows how the interception changes decreases to very 
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low values at the highest solar angle, which is also about double 

the value of the design acceptance angle.  

 

 
 

Figure 7 Curves showing interception changes for each ring 

position with respect to all sun angles 

 

Figure 8 show the average interception of different sun angles 

from vertical. The average are taken as increasing the sun angle 

from zero to maximum, (30 degrees) with step size 2.5 degrees. 

Each curve shows how the average interception changes with 

ring distance for one averaging angle window. The lowest curve 

is the total average for all angles and the highest is the average 

for a few degrees from the vertical. In each curve, ring position  

at a R factor of 2.5 shows maximum interceptions. 

 

 
 

Figure 8 Averaged interception with ring positions for sun 

angles (0 to 30 degrees) from vertical        

 

CONCLUSION  
Ray tracing has been used for optimizing the positions of flat 

mirrors on a CPC surface arranged in the form of 2 rings and 4 

sectors (square geometry). The influence of the ring positions on 

the interceptions ratios on the absorber is moderate for low solar 

angles. For higher solar angles, the optimum position of the ring 

(the division between the mirrors) is about 25% of the CPC 

height. At high sun angles, the optimum point can give about 

50% higher interception ratios compared with only one set of 

mirrors. 

Some solar absorbance can also be maintained for solar angles 

beyond the design values of the acceptance angles. 

The simulation results show that a CPC can be built by 

approximated few mirrors (8 mirrors in our case), but still give 

reasonable interception values and concentration ratio (about 3 

in our case).  

This system is cost effective and offers a simple solution for 

converting solar energy to thermal energy without solar tracking. 

If the CPC is used as a solar cooker, the CPC would give better 

performance than a normal box cookers. If the absorber is a heat 

storage unit, it remains to be seen what temperatures can be 

reached, as this will depend on the thermal losses of the system. 

The losses must then be minimized with insulation at the lower 

wall and with a glass plate at the ring position, to reduce 

convection losses.  
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ABSTRACT 
The energy efficiency of chillers and heat pumps are 

defined conventionally by the coefficient of performance 

(COP) which is a ratio of useful output (kWh_cooling or heating) to 

the electricity or heat input (kWh_elec or heat). However, there is a 

thermodynamic abnormally expressed in the conventional 

figure of merit as it ignored the quality of derived energy 

consumed or delivered, leading to a larger output over input 

quantities of kWh. Pedagogically, this abnormally defies the 

Laws of Thermodynamics as there were significant inherent 

dissipative losses incurred in these cooling or heating machines. 

This paper highlights the major reasons that may have led to the 

thermodynamic oddity. A succinct thermodynamic approach 

using a common primary energy platform is formulated, 

embracing both the quantitative and qualitative aspects of all 

derived energy consumed by chillers or heat pumps. It yields a 

thermodynamic efficiency of chillers that is always below 

unity, less than 50% for the work-driven cycles and 80% for the 

heat-driven processes, reflecting the highly efficient heat and 

mass transfer of boiling and condensation processes. Hence, it 

resolved elegantly the long-held misconception and yet 

presenting an energy efficiency statement for these cooling 

machines within the causal laws of thermodynamics. 

INTRODUCTION 
Over the past 5 decades, air-conditioning (AC) units and 

corresponding annual energy (electricity) consumption has 

increased from a miniscule <1% to more than 7.8% of total 

global electricity production in 2020 as shown in Figure 1 [1-

4]. The increasing growth (CAGR) rates from AC electricity 

demand may derailed partially the effort to rein-in global 

warming potential. Accumulatively, an estimated 8.97+ GtCO2 

or about 1.5% of the allowable 600 GtCO2 emission target had 

spilled into the ambient thus far. In a business-as-usual (BAU) 

scenario. projection reports had indicated CO2 emission from 

AC could reach 10.9% or 65+ GtCO2 of the ceiling quota by 

2050 [1-3] amongst other major industrial processes. Looming 

challenges facing the cooling industry are firstly, the 

asymptotic-levelling trend in energy efficiency (EE) of 

refrigerant-based AC chillers. Secondly, the long-held 

thermodynamic misconception of seeming parity between all 

derived energy consumed by chillers, namely the electricity and 

low-grade heat input. Since its invention by Willie H. Carrier 

(1902), the chillers efficacy has been defined by a ratio of 

useful cooling or heating output to input energy, i.e., the 

Coefficient of Performance (COP). As COP is not a Law of 

Thermodynamics, it may superficially appeared logical as a 

specific energy consumption (SEC) factor. Yet, it has 

embedded within it a thermodynamic abnormally, i.e., yielding 

a larger output energy (kWh_cooling) than input energy (kWh_elec.) 

despite incurred much dissipative losses. Pedagogically, it 

defies the causal Laws of Thermodynamics and unfortunately, 

it is still propagated in literature and texts available hitherto.  

Figure 1: AC unit and corresponding energy consumption from 

1990-2050 [1-4]. 

This paper highlights the weaknesses of derived energy 

platform of COP, contributing directly to the thermodynamic 

oddity. Firstly, the omission of energy quality in the parameters 

of COP has led to the numerical abnormally of COP >>1. 
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Secondly, a vague EE definition provides a “false” efficacy 

impression, may cause a missed opportunity for urgent 

efficiency improvement of AC cycles. A succinct 

thermodynamic formulation, of using a common primary 

energy platform encompassing both the quantitative and 

qualitative aspects of derived energy, could readily resolved the 

myth. By invoking (i) the classical heat and/or reverse heat 

engines in representing chiller processes and (ii) coupled with 

their corresponding 2nd Law efficiencies, a universal efficiency, 

could readily addressed the said saga, i.e., it yielded an accurate 

EE of chillers that is always below unity, irrespective of 

machine type. Hence, it resolved elegantly the long-held 

misconception, presenting an efficiency statement within the 

causal Laws of Thermodynamics.  

NOMENCLATURE 
 
COP [-] Coefficient of performance 

AC [-] Air-conditioner 

CAGR [-] Cumulative average growth rate 

BAU [-] Business as usual 

SEC [kW] Specific energy consumption 

EE [-] Energy efficiency  

FoM [-] Figure of merit  

EER [-] Energy efficiency ratio 

PUE [-] Power usage effectiveness 

T [K] Temperature 

SPE [kW] Standard primary energy 

 

Special characters 

Q [kW] Energy input 

Ƞ [-] Efficiency 

 

Subscripts 

H  High 

L  Low 

o  Ambient 

C  Carnot 

a  Actual 

adia  Adiabatic flame 

W  Work driven 

H  Heat driven 

 

CONVENTINAL FIGURE OF MERIT CHALLENGES 

The parameter selection, deployed in the figure of merit 

(FOM) of chillers, were at best subjective with respect to 

assorted cooling applications. Generally, a FOM defines as the 

ratio of useful output to input energy of the device. The derived 

energy prescribed in FOM were merely depicting their 

quantitative units, typically either expressed in kWh_elec, 

kWh_thermal or kW_elect or kW_thermal, respectively. Table 1 

summarised with a few samples of FOM in assorted chiller 

applications [5-11]. 

 

As can be seen from Table 1, the arbitrary selection of FOM 

parameters is unable to track accurate comparison of energy 

efficacy of one chiller type to another, particularly if dissimilar 

forms of derived energy were consumed or supplied. The root 

cause of inadequacy lies in the seeming parity between assorted 

derived energy used, in short, unit kWh_elec is not equal to  unit 

kWh_thermal. Consequently, the omission of energy quality in the 

COP definition led to a numerical abnormally. The useful 

output of chillers are greater than the energy input despite 

incurred much dissipative losses. Pedagogically, it defies the 

Laws of Thermodynamics and hitherto, such a thermodynamic 

misconception is propagated in literature and texts available. 

 
Table 1.   Some samples of figure of merits found in 

cooling or heating applications [5-11].  
Types of 

figure of 

merit 

Useful energy 

output 

Energy 

input 

Comment 

COP kW or 

kWh_thermal 

kW or 

kWh-elec. 

 

Only the quantitative 

aspects of derived 

energy were used. 

The qualitative value 

of derived energy 

were ignored. 

kW/Rton Rton_thermal kW-elec 

 

Energy 

Efficiency 

Ratio (EER) 

 

BTU/h-cooling 

 

W-elec 

Power usage 

effectiveness 

(PUE) 

kWcooling+power+

lighting+IT 

 

kW_IT 

 

 

 

STANDARD PRIMARY ENERGY CONCEPT  
For illustration of energy quantity and quality of derived 

energy, three thermodynamic heat engines are considered, as 

shown in Figure 2. These heat engines draw the same 

quantitative amount of heat supply (QH) of 1 unit kWh at their 

respective heat source temperature reservoirs (TH), and 

rejecting cycle heat to their low-temperature reservoirs 

(TL→To).  

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 2.  The Carnot work of 3 heat engines (denoted by green 

areas) are not correlated to the QH which remain indifferent in 

these cases. This is because the unavailable work (denoted by 

brown areas) increased with decreasing heat source 

temperatures.  
Despite same QH input, the Carnot work potential (WC) 

were decreasing accordingly with reduced temperature ratios, 

i.e., WC / QH = (1- TL/TH). Obviously the useful work potential 

could not be correlated by QH since it remained indifferent to 

changing Carnot work potential. By adopting the standard 

0 K 

QH =1 kWh 

To 

QH =1 kWh 

QH =1 kWh 

Unavailable work 

Available work 
T 

TH1= 1750K 

TH2 =1000K 

TH3 =350K 

1 / T_H1 1 / T_H3 1 / T_H2 

Entropy 

Heat 

engine 

High temperature 

reservoir, TH 

Low temperature 

reservoir, TL 

QH 

QL 

WC 
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primary energy, defined as the adiabatic flame (Tadia) to 

ambient (To) temperatures, is supplied from a common 

platform. A unique relation existed between the QSPE and WC, 

i.e., WC/QSPE = (1- To/Tadia) as the right-hand side is a constant. 

Considering the state diagrams of these heat engines, the 

reduction in the Wc is correlated directly to the available work 

(shown in rectangle marked by green area) or conversely the 

unavailable work increases (brown rectangles) with decreasing 

TH of heat engine. 

Thus, an alternative heat input at a common energy platform 

is required to correlate directly to the Carnot work output of 

heat engines. We will demonstrate this in the causal 

formulation of suitable conversion factors underlying the 

concept of a common primary energy platform.  

 

COMMON PRIMARY ENERGY PLATFORM  

From the First and Second Laws of Thermodynamics, the 

following corollary can be easily derived, i.e.,  

 

                      (1) 

where TL and TH are the low and high temperature reservoirs 

where the heat engine operates with the corresponding QL and 

QH are transferred from or despatched to the heat reservoirs. 

WC is the maximum work that could be produced by the heat 

engine, as shown below; 

 

.  (2) 

As the Carnot work cannot be uniquely correlated to QH due the 

selection of TL and TH of engine or cycles by the plant 

designers. Hence, the requisite for transformation into a 

common energy platform is the adoption of temperature 

reservoirs that is fixed at the adiabatic flame temperature (Tadia) 

of the primary energy fuel and the ambient (To), i.e.,  

 

  (3) 

As seen from Eq. 3, the bracket term is a constant and hence, 

QSPE is now uniquely correlated to the maximum work potential 

i.e., for every WC there is only an unique QSPE. For the real 

world application of a combined-cycle gas turbines (CCGT) 

plant, the actual electricity output is given by the 2nd Law 

efficiency,i.e., Wa = (ɳ”elec WC).  It is possible to obtain a causal 

relation between QSPE and Wa, i.e., 

 

.   (4) 

 

Conversely, for a given electricity consumption, Wa associated 

to process or cycle, Eq. 4 converts the Wa to its equivalent 

standard primary energy, QSPE, needed underlying their 

production via the power plants. 

In the similar manner, the useful output of a chiller (QL) 

can be modelled by a reverse heat engine where the equivalent 

standard primary for cooling cycle is expressed as  

 

 (5) 

 

By combining eq. (3) and (5), the equivalent QSPE attributed to 

the cooling rate, QL, of a work-driven chiller becomes 

  (6) 

 

Eq. 6 converts the cooling rate of a chiller, QL, to the equivalent 

consumption of standard primary energy, QSPE,QL, can now be 

computed. A figure of merit or thermodynamic efficiency (ɳW) 

of a work driven chiller, based on the common energy platform, 

can now be defined, i.e.,  
 

 

 

  (7) 

 

where COPW refers to the conventional COP, and  

denotes the 2nd Law efficiency of power plants. 

 

For a heat driven chiller, a similar approach is followed where 

all parameters of the thermodynamic efficiency (  were 

evaluated at a same common energy platform. Note that the 

energy input (denominator) to the heat-driven chiller 

incorporated the consumption of both the heat and electricity 

input, i.e.,  

  (8) 

 

Thermodynamically, the ideal heat-driven chiller can be 

modelled by a heat engine operating in concert with a reversed 

heat engine. To relate to the real world, two 2nd Law 

efficiencies were invoked, i.e.,  for the heat engine and 

 for the reverse heat engine and from literature, these 

efficiencies are in the range of 0.5 to 0.9. From Eq.8, the full 

expression of the thermodynamic efficiency can be readily 

derived as; 
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     (9) 

 

 

where COPH refers to the conventional FOM of heat-driven 

chillers. The bracketed terms of Eqs.7 and 9 are the respective 

conversion factors required to transform the FOM of merely 

quantitative specifications to the thermodynamic efficiency (ɳW 
or ɳH ) where both quantitative and qualitative aspects of 

numerator and denominator of FOM are accounted for.    

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

DISCUSSION  

A total of 48 sets of chiller data from large commercial 

chiller manufacturers were selected for analysis, namely (i) the 

water-cooled screw compressor liquid chillers (Carrier[12]), (ii) 

air-cooled screw compressor liquid chillers (Daikin[13]), (iii) 

air-cooled scroll compressor liquid chillers (Airedale[14]) and 

(iv) absorption (AB) chillers with external heat sources such as 

hot water, steam or exhaust gas for powering the generators 

(York [15]). The comparison were conducted using the inverse 

of thermodynamic efficiency (1/ ɳuniversal) on the y-axis and 

normalized chiller capacity (Qrated / for ease of comparison of 

chillers of assorted cooling capacity.  

 Amongst the three work-driven chillers, the screw 

chillers (Carrier) seems to have the chillers sized around the 

optimal point, as shown by the maximum ɳuniversal of the lines 

with constant condenser inlet temperatures (filled triangle 

points). The scroll chillers seems to have operating regime 

along the part-load region, as indicted by the constant gradient 

of each line of a given condenser inlet temperature. Owing to 

the generous sizing of the heat exchangers, the universal 

efficiency were better at higher evaporator outlet temperatures 

(denoted by the unfilled square points). The other point of 

interest is that the effects of lowering the condenser inlet 

temperature is more important that raising the evaporator outlet 

temperature in the operation of chiller, and this feature is 

clearly seen from all data points. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

CONCLUSION 

A causal thermodynamic approach for the FOM of chillers 

and heat pumps is formulated where the energy consumption, 

namely the useful output and the energy input, were evaluated 

at the common primary energy platform. The standard energy 

platform is defined by the adiabatic flame temperature of fuel 

underlying the production of derived energy at power plants 

and the ambient temperatures. The corresponding QSPE 

incorporated both quantitative and qualitative aspects energy 

consumed or delivered. Consequently, the thermodynamic 

Figure 3: Proposed universal efficiency at assorted condenser and evaporator temperatures based on standard primary 

energy platform 
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efficiency values yielded in this manner would always be less 

than unity, accounting the inherent dissipative losses incurred 

by cooling processes. Pedagogically, this is in agreement with 

the Laws of Thermodynamics where energy efficiency is 

always lower than unity. The ɳ-universal of work-driven chillers 

are typically hovering between 0.45 and 0.55 whilst those of 

heat-driven chillers were higher around 80% or more. The 

higher efficiency of heat-driven cycles is consistent to the fact 

that evaporative (two-phase) and condensation heat transfer are 

inherently more efficient as compared to single-phase heat 

transfer. With this succinct approach, the long-held 

misconception of FOM where the output (useful effects 

measured in kWh or kW) is greater than input energy quantity 

(kWh or kW) has been defunct. 
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ABSTRACT 

A methodology and simplified modelling approach is presented 

to evaluate the impact of dry, wet and combined dry/wet cooling 

on thermal power plant annual net output, annual direct-water 

consumption and finally economics. Global warming and 

climate change necessitate the reduction of greenhouse gas 

emissions and water consumption per MWh of electricity 

produced by fossil-fired thermal power plants. An effective 

means to achieve this is by installing combined dry and wet 

cooling technologies. Due to limited knowledge and the 

complexity of designing such cooling systems, only a few 

dry/wet cooling systems have been built to date for the purpose 

of maximizing power plant efficiency and saving water. The 

method proposed in this paper could simplify cooling system 

design in future and demonstrate the benefits over wet and dry 

only cooling systems in understandable terms. Validated heat 

and mass balance models employing simplified thermal-flow 

analysis were developed for three types of cooling systems, each 

connected to the exhaust of a low-pressure steam turbine (LPST) 

with a common steam expansion curve with a constant isentropic 

efficiency. A mechanical draft direct dry air-cooled condenser 

(dry-cooling system), a mechanical draft indirect evaporative-

cooling tower with a surface condenser, interconnecting piping 

and pumps (wet-cooling system) and a combined cooling system 

which makes use of both dry (100 %) and wet (50 %) cooling 

systems described above, were evaluated using annual 

meteorological data obtained for a given site. A parametric study 

was done to investigate the effect of electricity tariffs, water 

price and capital costs on the rate of return on capital invested in 

the aforementioned cooling systems. Graphs of normalised 

power output illustrate the significant differences between dry, 

wet and combined cooling. To facilitate cooling system 

selection, a set of graphs is proposed indicating which type of 

cooling system is most economical for different water prices, 

electricity tariffs and dry-to-wet capital cost ratios. 

INTRODUCTION 

This paper presents a methodology for cooling system type 

selection for thermal power plants based on a lifecycle cost 

analysis taking annual meteorological and market conditions into 

account. A brief description of the methodology is provided as 

well as an overview of the developed numerical models used to 

simulate the annual performance of the selected power plants.  

Results for a single case are presented and analysed to illustrate 

how the approach can be used to identify the most attractive 

cooling system type for a combination of specific climate and 

market characteristics. 

Background and motivation 

For any thermal power plant working on a Rankine cycle, it is 

well established that the Carnot cycle efficiency,  Eq. (1), is 

maximised with the highest possible heat source temperature 

(TH) and the lowest possible heat sink temperature (TL). To 

achieve maximum thermal efficiency, a cooling system should 

provide the lowest possible heat sink temperature, at a 

reasonable price and that considers local resources, regulations, 

and constraints [3].  

𝜂𝑡ℎ,𝑚𝑎𝑥 = 1 −
𝑇𝐿

𝑇𝐻
(1) 

A common challenge associated with cooling system design (and 

selection) is the selection of the design point. An overly 

conservative approach results in the system being oversized for 

majority of the year - incurring an unnecessarily high capital 

cost. An overly aggressive approach results in an undersized 

cooling system incapable of meeting the necessary cooling 

capacity for certain periods of the year - leading to decreased 

annual energy production and a loss in revenue. Appropriate 

design (type selection and sizing) of cooling systems based on 

the annual meteorological conditions (rather than discrete design 

points only) and electricity demand patterns (with associated 

tariff structures) will lead to improved plant lifecycle 

profitability and environmental sustainability (lower greenhouse 

gas emissions, less water consumption). 

The proposed methodology and accompanying models will 

provide a platform for direct comparison between different 

cooling systems, allowing a designer to make informed decisions 

regarding cooling system type (selection) and size. The designer 

can then move on to the more detailed design stage.  

Cooling systems considered 

Mechanical draft direct dry, indirect wet (evaporative) and 

combined (dry/wet) cooling are considered in this work. A 

simplified schematic of the power plant considered is shown in 

Figure 1 for the combined cooling system case, illustrating both 

the dry and wet cooling systems, which are also evaluated 
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separately. Low pressure steam is ducted from the turbine 

exhaust, where it is condensed by the cooling system and 

pumped back to the boiler. The direct dry cooling system 

consists of several air-cooled steam condenser (ACC) modules. 

Steam enters the ACC modules where it condenses inside the 

heat exchanger tubes as a result of heat transfer to ambient air 

which is forced through the heat exchanger by axial flow fans 

[3]. The indirect wet cooling system consists of a shell-and-tube 

surface condenser coupled to an induced draft counterflow wet 

cooling tower. Steam enters the surface condenser where it is 

condensed on the outer surface of a bundle of tubes and pumped 

back to the boiler. Cooling water, flowing inside the tubes, is 

circulated through the evaporative cooling tower, which consists 

of several wet-cooling modules, where it is cooled by sensible 

and latent heat transfer during direct contact with ambient air. 

Air flow in the wet cooling towers is also facilitated by axial flow 

fans. The cooled water is then pumped back to the surface 

condenser to complete the cooling cycle.  

For the combined cooling system, steam is distributed to both the 

ACC and surface condenser (operating in parallel on the steam-

side). The combined-cooled plant (cooling system and turbine) 

is designed to match the performance of the wet-cooled plant (at 

design point) and therefore must reject the same thermal load as 

well as operate with the same steam turbine outlet conditions. To 

minimise the water consumption associated with cooling, the 

direct-dry section was selected to be the leading cooling system 

in the combined scenario. A full-sized ACC is therefore used, 

and wet modules are added until the wet-cooled design point can 

be achieved by the combined plant. 

  
Figure 1: Combined dry/wet cooled plant 

NOMENCLATURE 
Symbols   
₵ [--] Independent currency unit 

C [₵] Cost or capital cost 

c [₵/(MW/K)] Specific capital cost 
CCR [--] Capital cost ratio 

cp [J/kg K] Specific heat at constant pressure 

G [kg/m²s] Mass flux 
i [J/kg] Enthalpy 

ifg [J/kg] Latent heat of vaporisation 

K [m-4] Loss coefficient 

L [m] Length 
M [₵] Maintenance cost 

ṁ [kg/s] Mass flow rate 

N [--] Number of units 
O [₵] Operational cost 

P [W] Power 

p [N/m²] Pressure 
Q [W] Heat transfer rate 

R [₵] Revenue 

T [°C] ,or [K]; [₵] Temperature; tariff 
UA [W/m²K] Overall heat transfer coefficient 

V̇ [m³/s]; [m³] Volume flow rate, Volume 

W [m] Width 

x [--] Vapor quality 

Greek letters   

η [%] Efficiency 

Subscripts   
a  Air 

air  Air-side 

c  Combined 
cell  Per cell 

ct  Cooling tower 

cw  Cooling water 
db  Dry-bulb 

des  At design conditions/design 

E  Electrical 
fan  Fan 

fr  Frontal 

gb  Gearbox 
gen  Generator 

H  High 

h  Hourly 

L  Low 

lm  Log-mean 

m  Mean, motor 

module  Module 

off  Off-design 
sc  Surface condenser 

st  Steam turbine 
∆T  Constant temperature difference 

th  Thermal 

w  Water 
wb  Wet-bulb 

wet  Wet-section; wet system  

 

COOLING SYSTEM DESIGN 

The cooling systems were sized to meet the design points listed 

in Table 1. The dry cooling system requires 54 ACC modules to 

service the design heat load. The wet cooling system requires 42 

modules and the combined 54 ACC and 21 wet modules. Module 

specifications are listed in Table 2. The annual meteorological 

data for Fayette, Texas  was extracted from Meteonorm software 

(version 7.1, 2015). The dataset, representative of a typical 

meteorological year (TMY), consisted of 8760 data points (i.e., 

one data point per hour for a full year) and is displayed in 

Figure  2. 

Table 1: Inputs for the design of cooling systems 

Description Symbol Value Units Ref. 

Ambient dry-bulb 
temperature  

Tai 15.0 [°C] 

[11] Relative humidity RH 60 [%] 

Atmospheric pressure pai 101325 [N/m²] 

Heat rejection rate Qdes 942.2x106 (dry) [W]  

886.2x106 (wet and 

combined) 

[6] 

Steam temperature at 

the turbine exhaust 

Tst,des 55.0 (dry) [°C] 

35.0 (wet and 

combined) 

Steam pressure at the 
turbine exhaust 

pst 157600 (dry) [N/m²] 

56300 (wet and 
combined) 

[N/m²] 

Vapor quality xs,des 0.95 (dry) [--] 

0.90 (wet and 

combined) 

Thermal efficiency of 
the power plant 

nth,des 41.1 (dry) [%] 

44.6 (wet and 

combined) 
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Generator efficiency ngen 99  [%] [17] 

Table 2: Equipment specifications 

Cooling 

system  

Description Symbol Value Units Ref. 

Direct-dry 

Overall heat 
transfer 

coefficient per 

module 

UAmodule 815466 [W/K] 

[3,7] 

Air mass flow 
rate per 

module 

ṁa,module 604.5 [kg/s] 

Fan shaft 
power per 

module 

Pfan 181200 [W] 

Fan gearbox 

efficiency 

Nfan,gb 97 [%] 

Fan motor 

efficiency 
Nfan,m 94 [%] 

Indirect-

wet 
(surface 

condenser) 

Water 
pressure 

pw 200000 [N/m²] 

[6],[12] 

Terminal 

temperature 

difference 

TTD 2.0 [°C] 

Cooling range ∆Tcw 11.9 [°C] 

Pump 

efficiency 
ncw,pump 90 [%] 

[13] 

Motor 

efficiency 

ncw,m 94 [%] 
[6] 

Indirect-

wet 

(cooling 
tower) 

Water-to-air-

mass flux 
ratio 

L/G 1.04 [-] 

[3,7] 

Fan shaft 

power per 
module 

Pmodule 130x10³ [W] 

Water mass 

flux 

Gw 3.0 [kg/m²s] 

Cell length Lcell 12.00 [m] 

Cell width Wcell 12.00 [m] 

  
Figure 2: Annual temperature and relative humidity 

distribution of Fayette, Texas 

PERFORMANCE MODELLING  

Power plant and cooling system performance is simulated by 

means of a heat and mass balance model employing simplified 

cooling system performance characteristics. With this in mind, 

certain assumptions (available in [16] – which also provides a 

detailed description of the modelling procedure) were applied. 

The model assumes a certain given water-steam thermodynamic 

cycle providing a constant boiler steam mass flow rate, live 

steam conditions and a steam turbine expansion curve. Only the 

cooling system is varied between cases which results in 

differences in steam turbine/generator output which could 

require slight differences in the low-pressure turbine design and 

generator size for particularly the dry only plant - which are not 

considered in the analyses. Specific turbine design specifications 

(Table 3) are used to model the steam turbine, which is defined 

through the gradient of turbine output to backpressure (Table 4). 

The gradient is derived from two points, with one point specified 

as the design operating point (Table 3 - which differs depending 

on the cooling system) and the 2nd point determined iteratively 

using the assumption that the point lies on the saturation curve. 

Since the power plant is the same for all cooling systems, this 

point is the same for all cooling systems. The model uses a 

constant isentropic efficiency of 78.5 % [7], which is within 

typical industry values for low pressure turbines [10]. The heat 

input to the boiler remains constant and therefore the heat 

rejection rate must exhibit an inverse trend compared to that of 

the turbine power output, such that the sum of energy removed 

in the turbine and the heat rejection rate in the cooling system 

remains constant [5]. 

Table 3: Steam turbine design specifications 

Description Symbol Value Units 

Steam mass flow rate ṁs,des 417.98 (dry) 

407.14 (wet) 

[kg/s] 

Design point enthalpy at turbine 
exit 

is,des 2479.74 (dry) 
2322.79 (wet) 

[kJ/kg] 

Design point backpressure pst,des 15760 (dry) 

  5630 (wet) 

[N/m²] 

  

Table 4: Steam turbine defining performance characteristic 

Description Symbol Value Units  

Turbine performance 

characteristic 
∆(𝑃𝑠𝑡/𝑝𝑠𝑡),𝑑𝑒𝑠 1650 (dry) 

1279 (wet) 

[W/(N/m²)]  

Ultimately, the differences in performance between the systems 

considered are evaluated by determining the auxiliary power 

consumption, direct-water consumption of the respective cooling 

systems and the resulting changes in steam turbine power output 

as the turbine backpressure changes with cooling system 

performance. This is achieved by using the backpressure to 

power output gradient (Table 4) to obtain the change in turbine 

output [Eq. (2)] and associated change in condenser heat load 

[Eq. (3)], iterated until a new operating point is obtained. All 

cooling systems employ a VSD fan control to ensure that a 

suitable backpressure is achieved (≥ 3000 N/m2 [14]) and for the 

combined cooling system specifically, that the dry and wet 

sections also operate at the same backpressure. 

∆𝑃𝑠𝑡,𝑜𝑓𝑓 = ∆(𝑃𝑠𝑡/𝑝𝑠𝑡),𝑑𝑒𝑠 × (𝑝𝑠𝑡,𝑑𝑒𝑠 − 𝑝𝑠𝑡,𝑜𝑓𝑓) (2) 

𝑄𝑠𝑡,𝑜𝑓𝑓 = 𝑄𝑑𝑒𝑠 + ∆𝑄𝑜𝑓𝑓 = 𝑄𝑑𝑒𝑠 + ∆𝑃𝑠𝑡,𝑜𝑓𝑓 (3) 

 

The direct-dry cooling system is defined through the 

performance of a single module [Eqs (4) and (5)]. Once solved, 
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the overall performance of the entire cooling system is obtained 

by multiplying by the number of modules [N - Eq. (6)]. 

𝑄𝑚𝑜𝑑𝑢𝑙𝑒 = �̇�𝑎,𝑚𝑜𝑑𝑢𝑙𝑒𝑐𝑝𝑎(𝑇𝑎𝑜 − 𝑇𝑎𝑖) = �̇�𝑣𝑠(𝑖𝑓𝑔) (4) 

𝑄𝑚𝑜𝑑𝑢𝑙𝑒 = 𝑈𝐴𝑚𝑜𝑑𝑢𝑙𝑒 × ∆𝑇𝑙𝑚

= 𝑈𝐴𝑚𝑜𝑑𝑢𝑙𝑒 ×
𝑇𝑎𝑜 − 𝑇𝑎𝑖

ln (
𝑇𝑠 − 𝑇𝑎𝑖

𝑇𝑠 − 𝑇𝑎𝑜
)
 

(5) 

𝑁 =
𝑄𝑑𝑒𝑠

𝑄𝑚𝑜𝑑𝑢𝑙𝑒

 
(6) 

 

The wet-cooling system, defined through the performance of the 

surface condenser [water-side heat transfer, Eq. (7)] and the 

performance of the wet-cooling tower [air-side heat transfer 

which also accounts for the number of cells – Eq. (8)], which 

have to agree for convergence.  

𝑄𝑠𝑐 = �̇�𝑤𝑐𝑝𝑤𝑚(∆𝑇𝑐𝑤) = �̇�𝑣𝑠(𝑖𝑓𝑔) (7) 

𝑄𝑐𝑡,𝑎𝑖𝑟 = 𝑁 × �̇�𝑎,𝑚𝑜𝑑𝑢𝑙𝑒 × (𝑖𝑚𝑎𝑠𝑜 − 𝑖𝑚𝑎𝑖) (8) 

 

The combined cooling system is governed by the performance of 

the respective number of dry and wet units as seen in Eq. (9). 

 

𝑄𝑐 = 𝑁𝑑𝑟𝑦(𝑄𝑑𝑟𝑦,𝑖) + 𝑁𝑤𝑒𝑡(𝑄𝑤𝑒𝑡,𝑖) (9) 

The performance of the cooling system determines the 

backpressure (i.e. the steam temperature at which the heat load 

can be rejected) and this is then used to determine the electrical 

power output of the steam turbine using Eq. (10). The net plant 

power output is then determined by subtracting the auxiliary 

power consumption [Eqs. (11) and (12)] and direct- water 

consumption [Eq. (13)]. The net electric power outputs of the 

three differently cooled plants are then normalised relative to the 

wet-cooled plant, Eq. (14).  

𝑃𝐸,𝑜𝑓𝑓 = (𝑃𝑠𝑡,𝑑𝑒𝑠 + ∆𝑃𝑠𝑡,𝑜𝑓𝑓) × 𝜂𝑔𝑒𝑛 (10) 

𝑃𝑓𝑎𝑛,𝐸 =
𝐾𝑎 × 𝜌𝑎𝑖 × �̇�𝑓𝑎𝑛

3

2𝐴𝑓𝑟
2 × 𝜂𝑓𝑎𝑛,𝑔𝑏 × 𝜂𝑓𝑎𝑛,𝑚

 
 

(11) 

𝑃𝑝𝑢𝑚𝑝,𝐸 =
𝐾𝑤 × �̇�𝑤

3
× 𝜌𝑤𝑚 ×

2𝐴𝑓𝑟
2 × 𝜂𝑐𝑤,𝑚 × 𝜂𝑐𝑤,𝑝𝑢𝑚𝑝

 
(12) 

�̇�𝑚𝑢 = �̇�𝑒𝑣𝑎𝑝 + �̇�𝑑𝑒 + �̇�𝑏𝑑 

where the drift and blowdown rates are set to 

constants of 0.01 % and 0.3 % of the water mass 

flow rate [9].   

(13) 

�̂�𝑖 =
𝑃𝑖

𝑃𝑤𝑒𝑡

 (14) 

 

FINANCIAL MODELLING 

The financial model calculates the cooling system capital cost, 

annual operating cost unique to the cooling system and the plant 

revenue. All costs up- and downstream of the cooling system are 

the same for all three cases and can thus be omitted. With the 

intention of keeping the costs independent of a specific currency, 

the cost is defined in terms of a currency unit ₵. Total system 

information from Maulbetsch and DiFilippo [1] was used to 

derive single module capital costs (wet or dry). The total capital 

cost of the combined cooling system is calculated in Eq. (15) 

based on this. No additional allowance is made for the 

interconnection of systems within the combined cooling system 

as these costs are believed to be minor [1].  

𝐶𝑐 = (𝑁 × 𝐶)𝑚𝑜𝑑𝑢𝑙𝑒,𝑑𝑟𝑦 + (𝑁 × 𝐶)𝑚𝑜𝑑𝑢𝑙𝑒,𝑤𝑒𝑡  [k₵] (15) 

To investigate the influence of capital cost on the financial 

attractiveness of a cooling system, the capital cost range of the 

direct-dry cooling system were extended and considered a 

parameter in the financial calculations. Based on this, a set of 

dimensionless parameters which measure the comparative 

capital cost between the cooling systems (dry-to-wet capital 

cost) were derived. These were the capital cost ratio per module 

(CCRmodule – capital cost of a dry module relative to a wet 

module) and corresponding total capital cost ratio (CCRtotal,i – 

total capital cost relative to wet). CCRmodule  has a range of 2.75 ≤ 

CCRmodule ≤ 4.25 [1]. The range of the total capital cost ratio for 

the direct-dry cooling system is 3.50 ≤ CCRtotal,dry ≤ 5.50. The 

combined cooling system has a total capital cost ratio range of 4 

< CCRtotal,c < 6 with the final capital cost breakdowns listed in 

Tables 5 to 7.  

Table 5: Capital cost breakdown of dry cooling system 

Cooling 

system 

Overall heat 

transfer 

coefficient 

[MW/K] 

Specific capital cost, 

cdry  [k₵/(MW/K)] 

Capital cost, 

Cdry [k₵] 

Direct-dry 23.59 
Lower limit: 1 500 35 385 

Upper limit: 2 300 54 257 

Total capital cost, Cdry  [k₵] 35 385 to 54 257 

Capital cost per dry fan module (based on 54 modules), 

Cmoduledry [k₵] 

656 to 1 005 

Table 6: Capital cost breakdown of wet cooling system 

Cooling system 

component 

Overall heat 

transfer 

coefficient 

[MW/K] 

Specific capital cost, ci  

[k₵/(MW/K)] 

Capital 

cost, Ci 

[k₵] 

Surface condenser 144.35 50  7 218 

Water distribution 

system 

-- --     852 

Wet cooling tower 89.52 22  1 970 

Total capital cost, Cwet [k₵] 10 040 

Capital cost per wet fan module (based on 42 modules), 

Cmodule,wet [k₵] 

239 

Table 7: Capital cost breakdown of combined cooling 

system 

Cooling 

system section 

Number of fan 

modules, Nmodule,i  

Cost per fan 

module [k₵] 

Capital cost, Ci 

[k₵] 

Indirect-wet 21 239 5 019 

Direct-dry 54 

Lower limit:   

656 
35 385 

Upper limit: 

1 005 
54 257 

Total capital cost, Cc [k₵] 

 
40 404 to 59 276 
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The annual maintenance cost [MCi - Eq. (16)] is calculated as a 

percentage of the capital cost. The annual operation cost is taken 

as the annual summation of the hourly operation costs [OCi - 

Eqs. (17) to (19)] which includes the cost of energy required to 

operate the cooling system and the cost of water consumed 

directly by the cooling system (zero for dry- cooling). A 

parametric analysis was conducted to determine the impact of 

electricity tariffs and water prices on the operational costs using 

an extended base electrical tariff and water price range of 

₵0.05/kWh ≤ TE ≤ ₵0.20/kWh and ₵0.01/m³ ≤ Cw ≤ ₵5.00/m³ 

[9]. The price of electricity is set to the electrical tariff multiplied 

by the hourly time of delivery factor (TODh) - downloaded from 

the Systems Advisors Model (SAM) (Version 2020.11.29 

released in 2020). 

𝑀𝐶𝑖 = 𝑥 × 𝐶𝑖 

where x = 1.5 % and 2 % for the dry and wet systems 

respectively   

(16) 

𝑂𝐶ℎ𝑑𝑟𝑦
= 𝑇𝐸(𝑇𝑂𝐷ℎ)(𝑃𝑚𝑜𝑑𝑢𝑙𝑒,𝑑𝑟𝑦,𝐸,ℎ)(𝑁𝑚𝑜𝑑𝑢𝑙𝑒,𝑑𝑟𝑦,ℎ) (17) 

𝑂𝐶ℎ𝑤𝑒𝑡
= 𝑇𝐸(𝑇𝑂𝐷ℎ)[𝑃𝑝𝑢𝑚𝑝,𝐸,ℎ

+ (𝑃𝑚𝑜𝑑𝑢𝑙𝑒,𝑑𝑟𝑦,𝐸,ℎ)(𝑁𝑚𝑜𝑑𝑢𝑙𝑒,𝑤𝑒𝑡,ℎ)]

+ 𝐶𝑤(�̇�𝑚𝑢) 
(18) 

𝑂𝐶ℎ𝑐
= 𝑂𝐶ℎ𝑑𝑟𝑦

+ 𝑂𝐶ℎ𝑤𝑒𝑡
 (19) 

The adjusted revenue, given in Eq. (20), accounts for the total 

revenue generated by the power plant – calculated as the product 

of the power output (Ph) and the price of electricity (considering 

the tariff and TOD factor) minus only the costs associated with 

operating and maintaining the cooling system. Since Rwet is 

always subtracted from Ri, the O&M costs for the rest of the plant 

are effectively annulled in the ultimate financial analysis.  

𝑅𝑖 =  { ∑ (𝑃𝐸,ℎ(𝑇𝐸)𝑇𝑂𝐷ℎ − 𝑂𝐶ℎ𝑖
)

8760

ℎ=1

} − 𝑀𝐶𝑖 [k₵] (20) 

Ultimately, the financial feasibility of a certain cooling system is 

determined by means of the rate of return (RoR), given in 

Eq. (21), which considers the cooling system capital cost and 

total adjusted plant revenue. The RoR estimates a return rate on 

the excess capital employed when selecting a cooling system 

type other than an indirect-wet cooling system. A positive rate of 

the return indicates that the cooling system is more economical 

to employ than an indirect-wet cooling system, with a larger 

positive rate being desired. A negative rate of return indicates 

that an indirect-wet cooling system is more economical to 

employ. 

𝑅𝑜𝑅 =  100 ×
𝑅𝑖 − 𝑅𝑤𝑒𝑡

𝐶𝑖 − 𝐶𝑤𝑒𝑡

 [%] (21) 

PERFORMANCE RESULTS  
The power outputs of the direct-dry, indirect-wet and combined-

cooled plants are plotted in Figure 3 for the annual 

meteorological conditions of Fayette (normalised relative to the 

respective system design points). The mean-coincident wet-bulb 

temperature is displayed on the secondary x-axis to establish an 

equal basis to compare the performance of the cooling systems. 

The sensitivity of the dry cooling to increases in dry-bulb 

temperatures above design is clear in Figure 3, with the power 

output of a dry-cooled plant reduced by approximately 10 % 

from its design capacity at the maximum dry-bulb temperature. 

The wet and combined-cooled plants are less sensitive, reducing 

by only 1 % and 1.2 % respectively. It is apparent that the 

combined-cooled plant is not capable of matching the power 

output of the wet-cooled plant at higher dry-bulb temperatures. 

This is expected, as at these temperatures, the reduction in 

cooling performance of the dry section is too large for the small 

wet section to fully compensate for, leading to a lower power 

output. This result is in-line with literature [1,9]. As expected 

[1,15], the power output of both the wet and combined-cooled 

plants are adversely affected by relative humidity as seen in 

Figure 4. The combined-cooled plant suffers more than the wet-

cooled plant due to the combination of high-dry bulb 

temperatures and high relative humidity, resulting in a larger 

decrease in power output. 

  
Figure 3: Comparative gross power output (Fayette, Texas) 

  
Figure 4: Relative humidity effect on gross power output 

  
Figure 5: Monthly power output comparison 

Figure 5 illustrates the monthly average normalised power 

outputs, with the bars indicating ranges over the month. The 

direct dry-cooling system suffers significantly in the summer 

months (June-August) due to higher dry-bulb temperatures. The 

lowest monthly normalised gross and net energy produced 
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occurs in the summer month of August at 88.9 % and 87.8 % of 

the energy produced by the equivalent wet-cooled power plant 

respectively. Of great concern is the reduction in energy 

produced at extreme hot weather conditions (in July), with the 

dry-cooled plant producing approximately 17 % less net energy 

than the wet-cooled plant. The overall effect that climate has on 

dry-cooling is clear, with a dry-cooled plant illustrating 

substantial reductions in annual energy production when 

compared to a wet-cooled plant (almost 10 % - Table 8). 

Combined-cooled plants are not as severely affected by hot 

weather periods as dry-cooled plants, confirmed through the 

minimum monthly energy production never falling below 

98.7 % (relative to wet) (occurring July) for the same ambient 

conditions. This indicates that even at hot weather conditions, 

the use of wet-cooling in the combined-cooling system is such 

that the plant it is still capable of achieving nearly the same 

cooling performance as that of a purely wet-cooled plant. This is 

further demonstrated through the combined-cooled plant’s 

annual gross energy production, which is approximately equal to 

that of the wet-cooled plant which is also in-line with current 

literature [1]. The annual net energy production of the combined-

cooled plant is slightly lower (0.9 % less) than the wet-cooled 

plant (Table 8) - attributed to the increase in operating power 

consumption, due to the larger size of the combined-cooling 

system.  

Table 8: Annual energy output comparison  

Cooling 

system 

Gross energy produced 

normalised to wet, Eq. (14) 

Net energy produced 

normalised to wet, Eq. (14) 

Direct-dry 0.907 0.903 

Combined 1.00 0.991 

The normalised water consumption curves (Figure 6) of the 

combined cooling system follow the expected trajectory of a 

decrease in water consumption in the winter months and an 

increase in the summer months. The lower water consumption in 

the winter is primarily due to the lower dry-bulb temperatures 

associated with this season, leading to an increased ITD, 

increasing the potential for dry-cooling. Therefore, the dry 

section of the combined cooling system can reject most of the 

required heat load, reducing the heat load on the wet section. In 

summer, the opposite occurs, as the higher dry-bulb 

temperatures result in a lower ITD, significantly reducing the 

potential for dry-cooling, increasing the thermal load on the wet 

section, and leading to an increase in water consumption. The 

annual water savings (49 % - Table 9) are well within expected 

ranges [1] . The indirect-wet and combined-cooled plants have 

similar annual power outputs and therefore the reduction in 

specific annual direct-water consumption of the combined 

cooling system is mostly due to its’ reduced water consumption. 

The direct dry-cooling system is still the least water intensive as 

it does not consume any water directly. 

Table 9: Annual direct-water consumption 

Cooling system 

Specific direct-water 

consumption 

[L/kWh] 

Annual direct-water 

consumption 

[x106 m³] 

Wet 1.72 10.72 

Combined 0.88 5.52 

 

  
Figure 6: Monthly direct-water consumption comparison 

ECONOMIC RESULTS 
With reference to Figure 7, in a humid subtropical climate 

(Fayette, Texas), the dry-cooling system is only feasible at the 

combination of very upper water price and low electrical tariffs 

(Cw ≥ ₵4.40/m³ and TE ≤ ₵0.058/kWh). Within this range, the 

decrease in revenue associated with the lower annual energy 

production of the plant is absorbed by the savings in water cost 

(increased savings at higher water prices) due to no direct-water 

consumption. Thus, the rate of return is more sensitive to water 

consumption and therefore water prices than electrical tariffs. 

The wet-cooling system is preferred for low water prices 

(< ₵0.65/m³ - independent of electrical tariff and capital cost 

ratios) as at higher water prices (>₵2.75/m³,), the high revenue 

(attributable to the high annual energy production) is 

counteracted by the high-water cost owing to the high direct-

water consumption of the cooling system.  

For water prices within the range of ₵0.65/m³ ≤ Cw ≤ ₵2.75/m³, 

the wet cooling may still be preferred, depending on the 

electrical tariff with lower electrical tariffs favouring combined 

cooling. As mentioned, the combined cooling system may be 

preferred for water price > ₵0.65/m³ (depending on the electrical 

tariff). Once water prices surpass ₵2.75/m³, the combined 

cooling system is recommended regardless of the electrical tariff 

or capital cost, until Cw = ₵4.40/m³ - where it competes with dry 

cooling as at these high-water prices, the high revenue (due to 

high energy production of the plant) is overshadowed by the 

water cost but only for the low electrical tariffs (≤ ₵0.058/kWh). 

   
Figure 7: Cooling system recommendation 

CONCLUSION  
The graphs presented illustrate how the proposed approach can 

be used to select an appropriate cooling system type for specific 

climate and market conditions based on lifecycle costing. The 

results indicate that climate has a substantial effect on the 

performance and economics of cooling systems. The dry-cooled 

plant was sensitive to warmer ambient conditions with 

considerable dips in performance, overall leading to less annual 

net energy produced (relative to wet-cooled plant). The 
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combination of high capital, operation and maintenance cost 

resulted in the dry-cooling system being only favoured at the 

very upper and lower limits of water price and electrical tariffs 

considered in the study. Naturally being the most water 

conservative, a dry-cooling system may find favour for 

employment above the other two cooling systems in regions 

where the water made available for cooling is limited or where 

overall water consumption is of great concern. The wet-cooled 

plant, characterised with the most stable and highest annual net 

energy production out of all three plants considered, had the 

highest direct-water consumption rate – which naturally 

increased during hot weather periods. Having the lowest cooling 

system capital cost and highest revenue led to the wet-cooling 

system being favoured for the low water prices (irrespective of 

electrical tariffs or capital costs). However, as water prices 

increases, the operating cost of the wet cooling system increases 

(owing to the high direct-water consumption rate) to such an 

extent that it overshadows the high revenue, with wet-cooling 

competing with combined cooling, depending on the electrical 

tariff. 

The combined cooled plant was almost capable of matching the 

power output of the wet-cooled plant with half the water 

consumption. The capital cost (highest out of all three cooling 

systems) is compensated for by the high revenue (as a result of 

high annual net energy production), leading to a wide range of 

market characteristics where combined cooling is favoured 

above dry and wet.  

To conclude, when concerned with both cost effectiveness and 

some form of water conservation, combined cooling is 

undeniably an appealing option with attractive rates of return 

across a wide range of water prices, electrical tariffs, and capital 

cost ratios.  
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ABSTRACT 
Nowadays, aerothermal energy has been promoted as a low 

carbon solution in the residential sector as the main option for 
covering domestic hot water (DHW) and heating and air 
conditioning needs. Radiators, radiant floors (RF) and fancoils 
(FC) are the terminal units commonly used with heat pumps.  

The heating RF is widely used because it guarantees thermal 
comfort and lower energy consumption. However, an important 
drawback is that due to the high thermal mass of the floor, delays 
and a high time response with thermal loads changes can occur, 
leading to higher energy consumption and dissatisfied 
occupants. On the other hand, in cooling mode, due to the 
limitation of the floor surface temperature to avoid condensation, 
in hot and humid climates, the sensible load that can be met is 
frequently lower than the peak load. Therefore, an auxiliary 
system must be available to meet the remaining thermal load and 
the latent load of the zone. In addition, it should be combined 
with a complementary ventilation system to provide fresh air to 
the zone and guarantee Indoor Air Quality (IAQ).  

As a solution, the RF can be combined with FC, which works 
with less favourable water temperatures but shorter response 
times. Nevertheless, the management of these two terminal units 
is not easy and a control system is needed to ensure the correct 
performance of both. This paper presents several control 
strategies for HVAC systems combining an RF with a zoned 
ducted FC, and with just one water production unit. All of the 
above is supervised by a single control system. These control 
strategies optimize the operation of the system in the case of 
study of a residential dwelling with different climate conditions 
and compared with a similar HVAC system, configured by an 
RF for heating mode and individual FCs in each zone for cooling 
mode. In both cases, an air source heat pump is the thermal 
production unit. Both systems are modelled and simulated in 
Trnsys17.  

In this way, it is important to make decisions regarding 
different aspects of the control, e.g., adjusting the water set-point 
temperature according to the terminal unit that is currently 
operating or selecting the performance model of the system 
between operating only with the FC, only with the RF or the 
combination of both, according to each zone control temperature 
of the building. The optimization criteria are the reduction of 
energy consumption, time response of the system and thermal 

comfort evaluated according to the PPD and PMV indices. 
Finally, an economic analysis is performed, and the payback 
period of the control system is calculated.   

INTRODUCTION 
Nowadays, the EU has admitted that there is an urgent need 

for a rapid transition to another energy model that would allow 
Europe to progressively eliminate its dependence on fossil fuels 
by 2030. To this end, the Commission proposes the REPowerEU 
plan [1], which will be based on diversifying gas supplies and 
reducing the dependence on fossil fuels, focusing on energy 
efficiency in buildings and promoting the heat pump for homes, 
among others. In European countries such as Spain [2], France 
[3] and Italy [4], aerothermal energy has been promoted in the
decarbonization process of the residential sector as a solution to
cover domestic hot water (DHW) and heating and air
conditioning needs, replacing solar thermal collectors and
conventional direct expansion air conditioning systems,
respectively. The aerothermal can be combined with different
terminal units: radiators, RF and FC.

Heating RF is widely used in very cold climates, because of 
its excellent performance for heating in terms of comfort and 
efficiency [5]. However, in cooling mode, the temperature of the 
floor is limited by the dew temperature of the room air to avoid 
condensation of air humidity, which reduces the cooling capacity 
to about 50 W/m2 [6]. For this reason, in hot climates, an 
alternative is to combine it with FCs, which work with less 
favourable production temperatures, but have a higher cooling 
capacity and much faster response times to load changes in the 
zone. However, the combined operation of the two terminal units 
is not an easy task as it requires a control system to ensure the 
correct operation of both. In the literature, there are numerous 
articles on complex RF and FC control systems. Joe et al [7] 
presented a smart operation strategy based on model predictive 
control (MPC) to optimize the performance of hydronic radiant 
floor systems in office buildings, with energy savings from 29-
50% when compared with a baseline air delivery system. Tianyi 
et al [8] applied the duty ratio fuzzy control method (DRFCM) 
on the electric valve control of a FC for cooling and 
dehumidifying and they obtained at least 30% energy savings 
over the conventional control method. Nevertheless, the 
literature review points out a research gap for the purpose of 
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studying the control of both terminal units combined, 
particularly in the residential sector. Zarrella et al [9] analysed a 
cooling RF in an apartment in combination with five different 
dehumidification devices (being the FC is one of them). 
Recently, Liu et al. [10] proposed a convection-radiation (RF 
with FC) system in an office in China. Three operation strategies 
are compared and the system with an intermittent operation 
strategy obtained 39% of energy savings compared with a 
continuous operation strategy.  

Currently, in climates with hot summer and cold winter, the 
configuration composed of a heat pump with RF for heating and 
individual FC for cooling is widely used in the residential sector. 
For both systems, a thermostat is installed in each zone that 
allows handling the thermal needs of each of them individually. 
As an alternative, a RF with a ducted FC system is presented for 
both heating and cooling, taking advantage of the benefits of 
both terminal units by implementing a control system that allows 
combining their use, considering the thermal zoning in the 
building, the control of the water production setpoint 
temperature of the heat pump, the selection of the FC fan speed 
and the control of the hydraulic valves to optimize the operation 
of both systems. For this purpose, the system is modelled in 
Trnsys17 [11] and applied for a residential case study in three 
cities: Madrid, Paris, and Milan. The results are analysed in 
terms of thermal comfort and energy consumption. Finally, the 
economic analysis evaluates if the payback period of the control 
system proposed is acceptable.  

SYSTEM DESCRIPTIONS 
 The configurations and control of both HVAC systems are 

described in this section. 
RF and zoned ducted FC combined system (Combined 

mode) 
Figure 1 shows the system schematic with the different 

control elements. The control system consists of two main 
elements: the zoning control board and the heat pump control 
board. Both have communication gateways, which, thanks to 
having the communication protocol with the heat pump and the 
FC, the FC fan speed or the heat pump water setpoint 
temperature (HPT) can be controlled. 

Both control boards receive information from the 
thermostats of each zone: zone temperature (Tz), setpoint 
temperature (Tsetz) and relative humidity (RHz), and from this 
information, the control algorithm establishes the operation of 
the installation with the configuration of the following elements: 

- At the zone level, the control system performs thermal 
zoning of the building. As each zone has its own thermostat and 
motorized damper (D), when the air temperature of the zone is 
in the comfort band, a control signal is sent to the motorized 
damper of the zone which interrupts the air supply to the zone. 
In addition, the dampers are closed in unoccupied zones. 

- The fan speed (F) is selected based on the number of zones 
in demand and the number of total zones in the building. Based 
on this ratio, the fan speed is sequentially changed to meet the 
appropriate flow rates for each zone.  

- The heat pump setpoint temperature (HPT) is determined 
according to the mandatory operation of the RF or the FC.  

- The floor (VS) and/or fan coil (VF) valves can be opened 
or closed depending on the temperature evolution of the zone 
prioritizing the operation of each system. The presence of a 
mixing valve ensures that the water supplied to the RF in cooling 
mode is not as low as to cause surface condensation. In addition, 
each radiant floor is controlled by an individual valve which is 
used to ensure the thermal zoning.  

 
Figure 1 Combined mode system scheme 

RF (for heating) and individual FC (for cooling) system  
This combined system will be compared with a common 

configuration in the residential sector, where no control 
combines both units, but the RF is used for heating and an 
individual FC in each zone for cooling. In this case, there is no 
communication gateway to manage the HPT, so the hot/cold 
water production temperature is fixed. The fan speed of each FC 
is regulated according to the temperature difference between the 
zone and the setpoint. In addition, a thermostat is installed in 
each zone to allow thermal zoning of the building. This is an 
advanced control system but does not allow the simultaneous 
combination of both terminal units. Figure 2 shows the scheme 
of the configuration. 

 
Figure 2 RF and individual FC system scheme. 

CONTROL SYSTEM DESCRIPTION 
Thermal zoning control system 
At zone level, the system has been modelled as an off/on 

control which is continuously turning on and off the HVAC unit 
depending on if the temperature of the zone is inside or outside 
the comfort band temperature range (typically ±0.5ºC) with 
respect to the setpoint air temperature. As each zone has its own 
thermostat and motorized damper, when the zone air temperature 
is in the comfort band, a control signal is sent to the zone’s 
motorized damper which interrupts the air supply to the zone. 
Also, the dampers are closed in the zones that are not occupied. 
Dampers will be opened when the HVAC unit is on and closed 
when it is off.  

Description of the Combined Mode 
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The Combined Mode operates to ensure the thermal comfort 
in the zone, giving priority to the RF and activating the FC when 
the RF is not yet at the suitable temperature. Fig.2 shows the 
operation of the system in cooling mode depending on whether 
it operates as only RF, only FC, or both systems at the same time. 

 
Figure 3 Combined Mode for cooling 

Initially, the temperature difference between the ambient 
and the comfort setpoint is high and the FC is activated, at 
maximum speed and HPTmin (7 ºC). The objective is to bring the 
air temperature to the comfort zone as fast as possible. It is 
observed that depending on the temperature differential between 
the air and the setpoint, the production temperature is modified 
between 7 and 10 ºC and the fan speed is regulated from 
maximum to minimum. When the air is 2 ºC above the setpoint 
temperature, the RF is activated. When the air temperature is in 
the comfort band, the FC is switched off and only the RF is 
maintained, since priority is given to the floor to handle the 
sensible load of the zone, with a constant HPT of 18 ºC.   

The same operation process can be applied to the heating 
mode, as shown in Fig. 3. 

 
Figure 4 Combined mode for heating 

When the zone air temperature is far from the setpoint, only 
the FC is activated to achieve a rapid increase in the air 
temperature, and the HPT is set to 45 ºC. As the air temperature 
rises, the RF is also activated to increase the floor surface 
temperature as quickly as possible. During this period, the 
combined system makes the air temperature closer to the set 
point by regulating the fan speed and decreasing the HPT. When 
the lower level of the comfort hysteresis is reached, only the RF 
remains active, and the HPT is fixed at 35 ºC. From this moment, 
the temperature is maintained with the thermal inertia of the floor 
and the FC is only turned on again when the temperature goes 
out of the comfort band. 

Description of the Non-Combined system 
The RF acts only in heating mode and two options have been 

evaluated.  
- Zoned RF. The water is supplied to each zone only if the 

zone is in thermal demand. Thus, the energy consumption in 
the heat pump is conditioned to the amount of water that is 
heated according to the number of zones in demand, with a 
heat pump water set point fixed to 35 ºC. The valve of each 
RF (VSn) is opened according to the change of the room 
temperature with respect to the setpoint, similarly to the 
radiant phase of Fig.3. A typical residential occupational 
profile is applied. This strategy avoids overheating in the 
zone and in the floor surface.  

- RF always ON. The heat pump is always supplying heated 
water to each RF with HPT fixed to 35 ºC. All the zones are 
conditioned all day. This strategy is very favorable to avoid 
delays in zones, but energy consumption may be 
compromised with respect to Zoned RF.  
The individual FCs are used in cooling mode. The control of 

each FC fan speed is a traditional on/off strategy with hysteresis 
and modifies both the fan speed and the HPT according to the 
difference between the zone air and the setpoint temperatures.  

 
NUMERICAL MODELS 

The air-water heat pump model is developed based on the 
typical set of curves of a manufacturer [12]. These curves 
provide information about heating and cooling capacity and 
electric consumption as a function of outside air temperature and 
the required HPT. The coefficient of performance and energy 
efficiency ratios are calculated from the capacity and the electric 
consumption. The fan-coil model is based on the effectiveness-
NTU method, and it uses a constant value of efficiency for every 
speed of the fan. The efficiency can be calculated from the data 
given in the fan-coil catalogue [12]. The radiant floor was 
modelled using the component Type 705, available in TRNSYS 
library. This component uses the finite volume method to model 
a slab with tubes embedded in it. Trnsys’ multizone building 
model Type 56 is used for the thermal modelling of the dwelling. 

 
CASE OF STUDY 

The dwelling under study (Figure 5) has five heated/cooled 
zones (living room LR, kitchen K, office OF, parents' bedroom 
PR, and children's bedroom CR), with a surface area of 121 m2.  

  
Figure 5. 3D representation of the home. 

The simulation is carried out in Trnsys 17 for different 
European cities: Madrid, Paris, and Milano. These three cities 
have a continental climate, with hot summers and cold winters, 
with different severity levels. EnergyPlus weather files are used 
in the simulation. 
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Enclosures are representative of the different regulations 
prevailing in each country. Table 1 shows the values considered 
for the overall heat transfer coefficient of the different enclosures 
of the dwelling. 

Table 1 Threshold U-values. 

City Regulation Wall Ceiling Floor Window 
Madrid RITE 2019 

[13] 
0.65 1.1 1.1 2.2 

Paris RT 2012 [14] 0.24 0.66 0.66 1.14 
Milano D.Lgs.192 

[15] 
0.34 0.33 0.3 2.2 

 
A typical occupancy profile is applied in residential buildings 

to determine the operation of the HVAC system (Figure 5). 

 

Figure 6 Occupational profile of the house. 

An airflow rate of 0.6 renewals/hour is set for outdoor 
ventilation in all rooms except the kitchen, which is set at 2.9 
renewals/hour. 
 
RESULTS AND DISCUSSION 

The objective of this study is to evaluate the benefits of the 
combined mode with respect to the proposed conventional 
control. This section will be divided into different parts: the 
sizing of the heat pump and terminal units, the performance of 
the systems on a typical winter day, the analysis of the comfort 
levels provided, and finally, the comparison of the related 
electricity consumption.  

Influence of the control system on the sizing of the HVAC 
systems  

The calculation of thermal loads in the house in each city is 
done with the user comfort range between 22 °C and 24 °C. In 
this case, a zoned system, the distribution network has motorized 
dampers that allow adjusting the thermal contribution of the 
system to the demand of each zone separately. This means that 
the unit is sized by considering the maximum simultaneous 
sensible load of the zones. Table 2 shows the simultaneous loads 
for each city, as well as the heat pump and ducted fan coil 
selected (based on a manufacturer's model [12]). 

Table 2 Heat pump and FC sizing. 

City Madrid Paris Milano 
Qheat (W) 6849 7248 8106 

Qsens,cool (W) 4471 2523 3963 
Qtot,cool (W) 5215 3249 4115 

Heat pump EBLQ07CV
3 

EBLQ07CV
3 EBLQ07CV3 

Ducted FC FWM08D FWM08D FWM010D 
 

On the other hand, the case study with which it will be 
compared is also a zoned system, so the sizing of the heat pump 
in both cases is the same (Table 1). However, in the case of 
cooling with individual FCs, the sizing should be performed 
according to the peak load of each zone. According to this, the 
FWT02 model is selected for all the zones in the three cities 
except for the kitchen where an FWT04 is needed [12].  

 
Thermal Comfort Evaluation. 
Firstly, the performance of the Combined mode (Figure 7) 

with respect to the Zoned RF (Figure 8) and RF always ON 
(Figure 9) is analysed on a typical winter day in Milan, for the 
living room (LR) and children room (CR). The simulation time 
step is one minute, adapted to the operation of the control system.  

 
Figure 7 Combined Mode. Milan (Heating) 

In the Combined Mode and Zoned RF, the influence of the 
thermal zoning on the thermal behaviour of the zones is 
presented. All zones are in thermal comfort in the time range of 
the occupational profile. Operative temperatures are about 21-23 
ºC, and the Predicted Mean Vote (PMV), calculated according to 
the ISO 7730 standard [16], sets a comfort sensation between 
slightly warm and cool (PMV between -0.5 and 0.5). The rest of 
the time, the evolution of the temperature and the PMV is not 
maintained within the comfort band. However, in the Zoned RF 
mode, where the RF is activated when the zone is occupied and, 
due to its thermal inertia, comfort is not achieved until the floor 
temperature can handle the heating load. While the combined 
mode avoids this with the FC operation in each zone, which 
rapidly allows the increase of air temperature to the set point. As 
it can be seen, the HPT changes from 35 ºC (RF) to 42-45 ºC 
(FC) when a zone is activated or when a zone needs the FC 
actuation.   
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Figure 8 Zoned RF Mode. Milan (Heating) 

With respect to the RF Always On mode, it should be noted 
that the occupational profile is not applied, so the operative 
temperatures and PMV are very stable around the comfort band. 
The control system only acts to supply hot water to the zones 
when the thermal inertia of each RF is not capable of maintaining 
comfort due to the increase of the heating load in the zone.  

 
Figure 9 RF always ON Mode. Milan (Heating) 

A more detailed comfort analysis is evaluated in each zone. 
Figure 10 shows a summary of thermal comfort results using the 
percentage of hours that each of the zones obtains PPD and PMV 
values according to the comfort categories [16].  

 
Figure 10 Thermal comfort analysis 

Nowadays, comfort requirements in buildings are very 
demanding, and categories A (PPD<6%) or B (PPD<10%) are 
expected, especially in efficient and sustainable buildings that 
obtain BREEAM or LEED certifications [17]. Then, in a first 

general analysis, the results of Figure 10 confirm the conclusions 
previously presented. Zoned RF, due to its high characteristic 
time in the initial period of each zone, presents higher 
percentages of discomfort (category C and discomfort, from 29-
44%). These results are even higher in colder climates, where the 
mean radiant temperature is lower, and the heat pump works in 
worse external conditions. In addition, in zones such as the OFF, 
that is only occupied from 17:00 to 20:00 hours, the accumulated 
heating load is very high and the characteristic time is increased. 
The RF always ON mode solves the problem of the ZonedRF at 
the expense of higher energy consumption and achieves good 
results of comfort. However, there are some periods of 
overheating on warmer winter days as it can be observed in the 
discomfort results from 10 to 18%. The combined mode achieves 
the best thermal comfort results. The RF is prioritized due to its 
high thermal inertia and its direct impact on the operating 
temperature of the zone, and the FC is initially activated to avoid 
the delay of the RF and to maintain, when it is necessary, the 
zone air temperature in the comfort band.  
Energy consumption 

To complete the evaluation, it is important to compare the 
control systems by analysing the energy consumption which 
includes the electrical consumption of the heat pump and the 
fans. Table 3 presents a comparison in terms of the total energy 
consumption of the building and the energy savings obtained in 
the combined system (CB) with respect to the Zoned RF (ZRF),  
RF Always on (RFA) and individual FCs (FCs) systems. 

Table 3 Comparison of energy consumption  

Mode System Madrid Paris Milan 

Heating 
CB 4229 4836 5428 

ZRF 2945 3487 3876 
RFA 3968 4544 5258 

Cooling CB 2797 1146 2289 
FCs 5275 4148 4721 

Total 
savings (%) 

%CB-ZRF 14.5 21.6 10.2 
%CB-RFA 24.0 31.2 22.7 

 
As it can be seen, in heating mode, the RFZoned is the most 

efficient, but the high values of thermal discomfort make that the 
RFAlways ON mode more convenient because it consumes less 
than the combined mode, although the differences are only about 
6 %. The combined mode can be justified due to the total electric 
consumption because the energy savings concerning the 
individual FCs are about 40-45%. The combination of RF and 
FC improves the performance of the heat pump, and the fan 
energy consumption of the ducted FC is lower than the sum of 
the individual FCs case. Therefore, the total energy savings are 
from 10-31%, which are more favourable in cities with less 
severe winters.   

 
Economic analysis. Life cycle and payback period 

The economic feasibility of the different HVAC 
configurations considered is evaluated through the calculation of 
the payback period (PB) of the combined system with respect to 
the others, which depends on the initial cost (IC) and the 
operating cost (OC). The initial costs of the heat pump, terminal 
units (ducted and individual fan coils), air diffusion equipment 
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(dampers and motorization) and zoned control system (control 
boards, communication gateways) have been obtained from 
manufacturers catalogues [12,18]. The OC is calculated from 
energy consumption results (Table 3) and the electricity cost. A 
conservative value of 0.24 €/kWh is assumed which is recently 
updated [19]. Table 7 resumes the PB period calculation. 

Table 7 Payback period calculation  

 System Madrid Paris Milan 

IC (€) CB 9628 8048 9628 
IndFC+RF 8953 7877 9272 

OC (€) 
CB 1405 1196 1543 

ZRF 1644 1527 1719 
RFA 1849 1738 1996 

PB (years) CB-ZRF 2.8 1.0 1.1 
CB-RFA 1.5 0.3 0.7 

 
Although the initial cost of the combined system is higher in 

all cases due to the cost of the control system, the reduction of 
the energy consumption results in a lower operating cost. The 
payback periods in each city are from 1- 2.8 years with respect 
to the Zoned RF and from 0.3-1.5 years with respect to the RF 
always ON. Considering that the lifespan of the different 
elements of an HVAC installation is around 15 years, thus 
payback periods obtained are acceptable. 

CONCLUSION  
This study analyzes the performance of a control system 

applied to a combined system of zoned ducted FC with RF and 
it is compared with a system based on an RF for heating and 
individual FCs for cooling. The case of study is a residential 
dwelling, and it is evaluated in three different cities with a 
continental climate, which is very favorable for this HVAC 
configuration. The combined mode prioritizes the use of the RF 
as the main unit, taking advantage of the thermal inertia and its 
capacity of influence in the operative temperature of each zone, 
and the ducted FC, applying the thermal zoning control, and 
acting only when the RF is not capable of handling the heating 
or cooling load or in the initial periods when the temperature of 
the floor has not reached the stationary regime yet. The main 
conclusions are: 
1. In heating mode, the combined mode is the best in terms of 

thermal comfort. The Zoned RF mode presents an important 
percentage of hours of discomfort due to the high 
characteristic time of the system. The RF always ON mode 
solves this problem but on winter days with low heating 
load, overheating in some zones can occur in a climate with 
less severe winter. In the combined mode, the FC acts when 
a zone is activated to rapidly increase the air temperature 
and when the RF is not capable of handling the heating load. 
In cooling mode, the combined mode is compared with the 
individual FCs. Both control systems achieve high 
percentages of thermal comfort. 

2. With respect to energy consumption, the combined mode 
obtains total energy savings from 14 to 31%. The differences 
are more important in cooling, where the heat pump has a 
better performance with a high number of hours operating 

with a HPT of 18 ºC, with respect to 7 ºC of the individual 
FCs.  

3. The payback period in each city is calculated and the 
combined mode obtains a PB of 1-2.8 years compared to the 
Zoned RF and from 0.3-1.5 years with respect to the RF 
always ON. 
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ABSTRACT
Modeling phase change heat transfer plays an important role

in evaluating the performance of phase change materials, ther-
mal energy storage systems, and renewable energy-based tech-
nologies. Specifically, solidification of a suspended droplet has
a wide array of applications in pharmaceutical and food indus-
tries, mine heating, and atmospheric sciences. Stefan problem
is a front-tracking modeling approach to simulate the moving
solid-liquid interface through the macroscale heat transfer con-
sideration, while the phase field method has been proven to be
versatile in simulating crystal or dendritic growth at a meso-
scale. However, the literature lacks pairing accurate macroscale
models, such as the Stefan problem, with the meso-scale phase
field model for spherical droplets. Furthermore, the nucleation
temperature at the microscopic level was mostly taken as a pri-
ori, and a great deal of assumptions and mathematical simplifi-
cations were made to model the crystal growth. In this study,
we develop a multiscale modeling framework to predict the so-
lidification behavior in a suspended droplet at macro-, meso-
, and micro-scale. We combine a more robust Stefan prob-
lem at macro-scale with the phase field simulation at meso-
scale, while incorporating a microscopic heterogeneous nucle-
ation model into the framework. The proposed mathematical
model is validated against several laboratory-scale experimen-
tal data in the literature. Our model can predict the effects of the
nucleation sites, non-linear solid-liquid interface, crystal evolu-
tion, and non-equilibrium thermodynamics on the solidification
behavior of phase change materials over a wide range of initial
and surrounding temperatures.

INTRODUCTION
Understanding the fundamentals of droplet solidification is vi-

tal to a multitude of industrial applications including, but not
limited to, pharmaceutical, food, underground mine heating, and
several other process industries. Owing to its importance for a
wide variety of disciplines, the research interest in the academic

community to understand the subject has significantly increased.
A simple keyword search in the scopus database backs this as-
sertion where approximately a 100% increase in the number of
publications related to droplet solidification has been observed in
the past 8 years.

Droplet solidification is a multi-stage, multiscale, and multi-
physics phenomena where different physical stages, length scales
and time scales, are intertwined in a complex manner. Differ-
ent droplet stages and the coupling between them has been thor-
oughly highlighted in the study by Akhtar et al. [1]. According
to the wealth of literature on this subject, the thermal physics [2;
12], nucleation chemistry [14; 15], crystal growth surrounding
the water droplet solidification [3; 19], and the coupling between
these phenomena is very critical to model the solidification pro-
cess accurately.

Phase-field method, in recent years, has proven to be an effec-
tive approach in modeling solidification problems at meso-scale
for different applications [4; 6; 16; 18]. The method utilizes the
concept of a phase-field variable, φ, to define the physical state
of the material (i.e. whether it is solid or liquid). The variable
is also called the order parameter and its behavior is governed
by a transport equation derived from thermodynamic formula-
tion. This formulation is popularly known as Allen Cahn or Cahn
Hilliard equation and it allows a detailed treatment of dendritic
growth pattern. For a detailed treatment of the thermodynamic
formulation for phase-field method, the reader is referred to this
study by Boettinger et al. [4] and the references herein.

For the material’s solidification, the order parameter’s evo-
lution depends on the thermal transport from the interface into
both solid and liquid phases. Thus, the phase-field formulation
must be coupled with the energy equation in both liquid and solid
phases. To a good approximation, the solid phase can be treated
as isothermal with its temperature taken to be equal to the equi-
librium freezing temperature. This leaves the thermal gradients
in the liquid phase only to be resolved [1].
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While there are several studies in the literature that model the
dendritic growth stage using the phase-field method, a unified
mathematical framework to treat all the solidification stages cou-
pled with the phase-field method is often missing. In particu-
lar, supercooling degree, or the nucleation stage is assumed as a
priori in most of these studies. To the best of authors’ knowl-
edge there is no such study in the literature that incorporates the
nucleation characteristics within the phase-field framework. Fur-
thermore, a detailed treatment of the effects of the placement and
the number of nuclei on the evolution of the phase-front is often
missing.

In this study, we aim to bridge these gaps by presenting a con-
cise and unified phase-filed framework coupled with a heteroge-
neous nucleation model [1]. The section 2 of this paper outlines
the methodology undertaken in this study, including a brief de-
scription of the macro-scale solidification model, heterogeneous
nucleation, dendritic growth model and the programming envi-
ronment. Section 3 includes a description of results and discus-
sion where the effect of nuclei seed location and the number of
nuclei is studied on the evolution of the dendritic growth.

METHOD
We present a multiscale framework for droplet solidification

in this section. The section begins with a macro-scale solidifi-
cation model to explicitly track the solid-liquid moving interface
using the Stefan problem, followed by a heterogeneous nucle-
ation evaluation based on the classical nucleation theory (CNT).
Lastly, the crystal growth during the recalescence stage is mod-
eled by employing the 2D phase field method through the Allen-
Cahn equation. Figure 1 shows the multiscale model validated
against the experimental data for the temperature measurements,
while predicting the two-dimensional (2D) morphology of crys-
tal growth.

Macro-scale solidification
The five distinct stages of droplet solidification can be ob-

served from Figure 1. A droplet of water, initially at Ti > Tf ,
where Ti is the initial temperature and Tf is the equilibrium freez-
ing temperature, is subjected to an ultra-cold environment. The
droplet will supercool to a temperature below Tf until the ther-
modynamic barrier to form a nuclei is surpassed. The temper-
ature evolution till nucleation is governed by the heat equation
subjected to a convective boundary condition in spherical coor-
dinates to which an exact solution is possible. The heat transfer
coefficient calculation in our study incorporates the effect of con-
vection, radiation, sublimation, and evaporation. For a detailed
derivation, the reader is referred to our previous work [1].

Following the nucleation, the dendritic growth stage ensues.
Both nucleation and dendritic growth stages are modeled using
a modified classical nucleation theory and phase-field modeling
respectively. The detailed methodology for both of these stages
is presented in the subsequent section.

Figure 1. Freezing curve of a water droplet measured at the
center of the droplet. The experiment was performances by
Hindmarsh et al. [8]. The zoom-in image represents the results
of dendritic growth using the phase-field modeling.

Heterogeneous nucleation
After exposing a colder environment, the water droplet cools

down even below its fusion temperature without crystalliza-
tion during supercooling (or undercooling). The supercooled
droplet is consider to be metastable in the absence of the solid
phase. However, the undercooling process stops when the
droplet reaches the nucleation temperature, in which an ice em-
bryo is formed. The formation of the ice embryo could be ei-
ther spontaneous (a.k.a. homogeneous nucleation) or caused
by a foreign agent stochastically (a.k.a. heterogeneous nucle-
ation). In reality, most nucleation processes are heterogeneous,
thus making it sophisticated to identify and illuminate the nucle-
ating agent.

In this work, we revisit the mathematical modeling of het-
erogeneous nucleation based on the classical nucleation theory
(CNT) with an Arrhenius-type equation. The nucleation rate for
the heterogeneous nucleation is written as:

J(t) =D
Aw

3
n

7
3
ℓ

√
Awσℓs

πkBTℓ

√
4

2+ζ f

× exp

{{
− [Awσℓs/(kBTℓ)]3(2+ cosΦ)(1− cosΦ)2

27[ln(pℓ/ps)]2

}}
(1)

where the pre-factor includes: the self-diffusion coefficient of su-
percooled water D, surface area of a water molecule Aw, number
of density of molecules in the liquid particle nℓ, interfacial sur-
face tension σℓs, Boltzmann constant kB, and a coefficient in the
heterogeneous Zeldovich factor ζ f . The coefficient ζ f is defined
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Figure 2. Evolution of the crystal growth. φ = 0 means the liquid and φ = 1 represents the ice crystal.

as:

ζ f =
(1−X cosΦ)[2−4X cosΦ− (X2 cos2 Φ−3)]

(1−2X cosΦ−X2)
3
2

, (2)

where X is the ratio of radii between nucleating particle and criti-
cal embryo; Φ is the contact angle. Furthermore, the exponential
factor has: the contact angle Φ, saturation pressure of water pℓ,
and saturation pressure of ice ps. These saturation pressures are
temperature-dependent functions given in [13]. Definitions and
formulations for each term are documented in the works [1; 21].

Dendritic growth modeling using phase field
The formation of the (criticial) nucleus prompts the ice crys-

tal to rapidly grow in a dendritic shape. During this short time
scale, the supercooled droplet is swiftly heated up from the nu-
cleation to fusion temperature. We herein present a 2D mathe-
matical model using the phase-field method, in order to capture
the evolution of the 2D dendritic growth. The energy conserva-
tion equation is written in a form of the transient heat condition
with a source term:

∂T⃗
∂t

= DT ∇
2T⃗ +

∂⃗φ

∂t
(3)

where DT and φ are the thermal diffuison during crystal growth
and the order parameter, respectively. Note that φ = 0 implies
the liquid phase, while φ = 1 means the solid phase.

Another governing partial differential equation (PDE) that
couples the heat equation is the so-called Allen-Cahn equation,
which considers the free energy of the pure substances:

τφ

∂⃗φ

∂t
= ∇ · D⃗φ∇⃗φ+ φ⃗(1− φ⃗)m(⃗φ, T⃗ ) (4)

where the function m(⃗φ, T⃗ ) is defined as φ⃗ − 1/2 − κ1/⃗φ ×
tan−1(κ2T⃗ ), and κ1,κ2 are dimensionless diffusion for each
phase. τφ is the dimensionless time during crystal growth and
D⃗φ is the phase-field diffusion tensor. The derivation from the
original form of the Allen-Cahn equation to Eq. (4) is given in
the work [20].

It is worth mentioning the phase-field diffusion tensor can be
used to incroporate the effect of anisotropy:

D⃗φ = α
2
φ(1+ cβ⃗φ)

1+ cβ⃗φ −c ∂β⃗φ

∂ψ

c ∂β⃗φ

∂ψ
1+ cβφ

 (5)

where β⃗φ = 1−tan(Nψ/2)
1+tan(Nψ/2) , ψ = π/8+ tan−1( ∂φ/∂y

∂φ/∂x ), and N is the
symmetry.

Programming environment
Macroscopic freezing behaviors in the liquid supercooling,

equilibrium freezing, and solid subcooling stages are solved by

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 43 of 1061



Figure 3. Evolution of the crystal growth seeded in the upper portion of the droplet.

analytical methods and the final expressions are in either exact
or asymptotic form [1]. Meanwhile, the heterogeneous nucle-
ation is evaluated numerically using a straightforward bisection
method. As a result, we compute these analytical and numerical
solutions under the MATLAB 2021b programming environment.

The phase field model for crystal growth, on the other hand,
requires a rather complex computation for the coupling PDEs,
and thus we herein utilize the finite-volume method under an
open-source finite-volume PDE solver written in Python, FiPy
[7]. It is also noted that the unstructured mesh for the droplet is
performed in Gmsh [5] within FiPy.

RESULTS AND DISCUSSION
The morphology of a dendrite growing from a nucleus seed

is a challenging task to model due to its randomness in loca-
tions and complexity in evolving shapes. Classical modeling ap-
proaches, such as the LM-K theory [10] and Ivantsov’s solution
[9], explicitly tracked the crystal interface based on the effects of
kinetic undercooling and steady-state thermal fields, thus, from a
mathematical point view, making them nearly impossible to cap-
ture the morphology of crystal growth. In this section, we present
the results based on our multiscale modeling approach to investi-
gate the evolution of dendritic growth for various seed locations
and numbers of seeds.

Evolution of dendritic growth
Figure 2 demonstrates the time evolution of an ice crystal

growing from the droplet’s center. The initial seed has a radius
of 0.039 mm with a hexagonal shape, i.e., N = 6. It is noted that

the liquid is in blue for φ = 0 while the crystal solid is in red
for φ = 1 in the 2D contour. As can be seen, the crystal remains
its hexagonal structure after 400 ms and a thin film between the
liquid and solid phases is observed as the interfacial regime.

Since the driving mechanism of this dendritic growth model
is based on quenching the simulation domain (i.e., the droplet)
by its supercooling degree, ∆Tsupercool = Tf −Tnuc, the interfacial
velocity is dependent on the nucleation temperature Tnuc. Such
dependence is consistent to the Ivantsov’s solution [9] and LM-
K theory [10]. However, most recent studies in the literature are
taken the nulcation temperature as a priori (e.g., [11; 17; 18]),
which is difficult to apply in a rather realistic scenario where Tnuc
is not given. The presented multiscale framework firstly evalu-
ates the nucleation through the CNT, and then applies the phase
field method for the recalescance stage.

Effect of seed location
The initial formation of the nucleus seed could be placed any-

where in the droplet because of the spontaneous nature of nucle-
ation process. As a consequence, it is interesting to explore the
effect of seed location on the crystal growth. One of the most
possible areas that the first nucleus could take place is at the
droplet’s surface. This is because the foreign agent that prompts
the heterogeneous nucleation is most likely to be near the outer
surface of the droplet, rather than anywhere else (e.g., inside the
droplet). Figure 3 shows the growth evolution contour of a seed
initially appeared at the top surface of the droplet. The geometry
and structure of the seed are the same as the ones in Fig. 2. It is
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Figure 4. Evolution of the crystal growth for different seed numbers and arrangements: The first column shows two seeds located
0.2 mm away from the center; the second column shows four seeds located 0.2 mm from each other around the center; and the third
column shows four seeds that are randomly arranged.

rather clear to see that the top surface’s seed grows in a similar
manner as the center one due to the same properties and nucle-
ation temperature. However, the top surface’s crystal would take
more time to be fully grown in the droplet because of the limited
area around.

Effect of number of seeds
Sometimes, more than one ice embryo would appear in the

droplet if foreign agent at different places prompted the hetero-
geneous nucleation. In this work, we study three distinct scenar-
ios as shown in Fig. 4: (i) two seeds distributed 0.2 mm away
from the center; (ii) four seeds distributed 0.2 mm between each
other around the center; and (iii) four seeds randomly distributed
in the droplet. In particular, we conduct the same simulation time
(i.e., 320 mm) in each case and capture the 2D contour in terms
of the phase field variable φ.

As can be see in Fig. 4, four ice embryos possesses a
shorter recalescance process than two. In the meantime, the
locations of the nuclei also influences the recalescance duration
and crystalline rate, but compared with the seed number, the
location is much lessor influential parameter under the same
number of seeds. Although it is rather complicated to know
or experimentally observe the seed location and numbers in
advance, the prediction of potential seeds would provide minor
corrections to the modeling results.

CONCLUSION
A novel multiscale modeling framework for droplet solidifi-

cation was developed. Specifically, freezing behaviors were pre-
dicted from macro- to micro-scale, including supercooling, sub-
cooling, equilibrium freezing, crystal growth, and heterogeneous
nucleation. A great effort was made on the 2D crystal growth
during the recalescence stage; the phase field method based on
the Allen-Cahn equation coupling with the energy equation was
implemented. The evolution of dendritic growth was modeled
and demonstrated in the form of 2D contour plots. Further, the
effects of seed locations and numbers were investigated to iden-
tify the influential parameters in the solidification process. Fu-
ture work could be recommended to explore the multiscale so-
lidification of other geometries for different applications, impure
materials (e.g., binary mixture and porous media), and compar-
isons with other methods in terms of accuracy and computational
cost.
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ABSTRACT 
A Pulsating Heat Pipe (PHP) is a promising two-phase 

passive heat transfer device that consists of a capillary tube or 

channel that is bent repeatedly between an evaporator and a 

condenser. The inner diameter of the tube or the hydraulic 

diameter of the channel must be small enough so that the 

working fluid in the PHP exists as a mixture of liquid slugs and 

vapor plugs. The self-excited oscillation of the slug/plug flow is 

responsible for the heat transfer from the evaporator to the 

condenser. The thermo-fluid dynamics governing the internal 

two-phase flow of PHPs has not yet been completely understood. 

In the present work, a new approach based on the application of 

the cross-correlation analysis to the local heat fluxes is proposed 

to deepen the understanding on the flow characteristics in PHPs. 

The temperature distribution in the condenser of a 7-turn PHP 

was measured by an IR camera, changing the power input. The 

local heat flux distributions were estimated by solving the 

inverse heat conduction problem. The cross-correlation of the 

heat fluxes at different positions in the condenser was analyzed. 

The result revealed the different trend in the cross-correlation 

depending on the power input: there are no clear cross-

correlations in 0.5 W, while it was shown more clearly on the 

diagonal line with increasing power input to 2 W and 3.5 W. It 

is suggested that the original approach presented in this work 

would lead the further understanding of the chaotic fluid 

oscillation in PHP. 

INTRODUCTION 
Increasing microprocessor performance has historically been 

accompanied by increasing power and increasing on-chip power 

density, both of which present a cooling challenge [1]. A high 

operating temperature degrades the reliability and performance 

of electronic devices, and eventually causes catastrophic failures. 

Therefore, efficient thermal management is essential to remove 

heat from heat sources and prevent heat-induced failures.  

Two-phase thermal devices are more efficient than single-

phase devices because some or all of the heat transport occurs 

via latent heat. A Pulsating Heat Pipe (PHP), invented by Akachi 

[2, 3], is a promising two-phase passive heat transfer device that 

consists of a capillary tube or channel that is bent repeatedly 

between an evaporator and a condenser. The inner diameter of 

the tube or the hydraulic diameter of the channel must be small 

enough so that the working fluid in the PHP exists as a mixture 

of liquid slugs and vapor plugs even in a gravitational 

environment. The self-excited oscillation of the slug/plug flow is 

responsible for the heat transfer from the evaporator to the 

condenser.  

Although PHP has many advantages such as wick-free 

simple construction, light weight, and flexibility and a number 

of its potential applications have been proposed [4, 5], PHP has 

not yet been fully practical due to the incomplete knowledge of 

thermo-fluid dynamics governing the internal two-phase 

oscillating flow. The thermal behaviour of PHP is inherently 

time-dependent and it is also usually characterized by substantial 

spatial variations. However, so far, almost all studies on the 

working principles of PHPs have focused on either analysing the 

heat transfer rate averaged over the evaporator and condenser 

areas or evaluating the overall thermal resistance of the system. 

Recently, Cattani et al. [6] proposed to apply temperature 

maps measured by an infrared (IR) camera to estimate the local 

heat flux exchanged between the tube wall and fluid by means of 

the Inverse Heat Conduction Problem (IHPC) resolution 

approach. Pagliarini et al. [7] adapted this estimation to a metal 

PHP in a microgravity environment, allowing a quantitative 

description of fluid motion even without a direct visualization of 

the fluid. Following the procedure suggested by Perna et al. [8], 

the oscillations of the working fluid were further described in 

terms of dominant frequency. However, few studies have 

provided data regarding the motion of fluid menisci along space 

without direct fluid visualizations through transparent inserts [9, 

10], though providing either incomplete pieces of data or 

adopting hardly repeatable techniques. 

The present work newly proposes to investigate the time-space 

oscillatory behaviour of PHPs through a cross-correlation analysis 

on the local heat fluxes. Since the operation of PHP is governed by 

the fluid oscillation in every tube or channel and the interactions 

between them, investigating the cross-correlation of the time-series 

heat fluxes at different positions will deepen the understanding on 

the flow characteristics in PHPs. In this study, the temperature 

distribution in the condenser of a 7-turn PHP was first measured by 

an IR camera. Then, the local heat flux distributions were estimated 

by the method in the above literatures, and finally, the cross-

correlation of the heat fluxes at different positions was evaluated. 
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NOMENCLATURE 
 

Cp [J/kgK] Specific heat at constant pressure 

D 
G 

[m] 
[-] 

Diameter 
Cross-correlation of heat fluxes 

g [m/s2] Gravity acceleration 

h [W/m2K] Heat transfer coefficient 
k [W/mK] Thermal conductivity 

M [-] Number of time windows 

Q [W] Heat load 
q [W/m2] Heat flux 

R [-] Cross-correlation (General definition) 

r [m] Radius 
S [-] Observation time interval 

T [K] Temperature 

t [s] Time 
U [J] Internal energy 

z [-] Axial coordinate 

 
Special characters 

ρ [kg/m3] Density 

б [N/m] Surface tension 
τ [s] Estimate of time delay 

 

Subscripts 
crit  Critical 

ele  Electrical 

env  Environment 
in  Inner 

l  Liquid 

out  Outer 
v  Vapor 

w  Wall 

 

EXPERIMENTAL SETUP 
The PHP in this study was fabricated by bending a stainless-

steel tube with inner and outer diameters of 0.32 mm and 0.52 

mm, respectively, 13 times. In the temperature range from 280 

K to 350 K, the inner diameter is less than the critical maximum 

diameter 𝐷𝑐𝑟𝑖𝑡  under the gravitational environment defined by 

the following equation [11]. 

𝐷𝑐𝑟𝑖𝑡 = 2√
𝜎

𝑔(𝜌𝑙 − 𝜌𝑣)
 (1) 

where 𝜎 , 𝑔 , 𝜌𝑙 , and 𝜌𝑣  are the surface tension, gravitational 

acceleration, liquid density, and vapor density, respectively. 

Using the properties of NIST Reference Fluid Thermodynamic 

and Transport Properties Database mini-REFPROP version 10.0 

[12], 𝐷𝑐𝑟𝑖𝑡  for HFC-134a at 280 K to 350 K are calculated to be 

1.8 mm and 0.99 mm, respectively. 

The both ends of the tubes were interconnected and jointed 

in a T-junction with a tube leading to a charging port, as shown 

in Figure 1. The distance between turns at both ends were 150 

mm, divided into an evaporator, an adiabatic section, and a 

condenser, each with a length of 50 mm. The evaporator tubes 

were attached to a spreader, while the heat load was provided by 

a polyimide sheet heater, placed on the back of the spreader. The 

condenser tubes were coated with a thin film of high-emissivity 

paint. The evaporator and adiabatic section were insulated, while 

the condenser was cooled by air natural convection. HFC-134a 

was charged with a filling ratio of 46% vol, which was calculated 

based on the fluid density at room temperature. The condenser 

temperature was monitored by an IR camera (FLIR SC7000, 

space resolution: 640 x 512 pixels accuracy: ±1 K, thermal 

sensitivity at 303 K: 20 mK). Five type-T thermocouples were 

attached in the positions shown in Figure 1: one was on the sheet 

heater (TC1), three were on the metal plate of the evaporator 

(TC2-TC4), and the other was on the condenser (TC5). The 

measurement uncertainties of the T-type thermocouple and the 

voltage and the current of the power supply were ± 0.2 °C, ± 

(0.03 % full scale + 2 mV), and ± (0.2 % full scale + 1 mA), 

respectively. The full scale of the voltage and the current of the 

power supply were 8 V and 10 A, respectively. The measurement 

uncertainty of the data acquisition system for the temperature 

measurement was 1.0 °C. 

A stepwise heat load was provided to the evaporator from 0.1 

W to 5 W (until the operating limit) by a DC power supply 

(HEWLETT PACKARD 6631B). The experimental data were 

collected by a data acquisition system (AGILENT 34970A), for 

each power input, when the device reached the pseudo-steady 

state. The acquisition frequency of the camera and the 

thermocouples were 18 Hz and 1 Hz, respectively. During the 

tests, the PHP operated in vertical bottom heat mode, i.e., with 

the evaporator at the bottom. The authors’ previous study [13] 

provides the further information of the setup and test conditions.  

 

 

Figure 1 Schematic of experimental setup 

 

POST-PROCESSING 
Using the time-space temperature maps acquired by the IR 

camera as input data, the local wall-to-fluid heat flux was 

evaluated by solving the Inverse Heat Conduction Problem 

(IHCP) at the tube wall. Specifically, each straight part of the 

PHP channels belonging to the condenser section was modelled 

as a 2D-axisimmetric solid domain, outlined in Fig. 2.  By 

assuming the thin-wall approximation, the temperature on the 

external surface was considered equal to that on the internal 

surface. In addition, due to experimental observations, the 

temperature gradients along the tube circumference were 

considered to be negligible.  

 
Figure 2 Energy balance at the infinitesimal wall section 
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Following the previous assumptions, the local energy balance 

equation becomes:  
𝑑𝑈

𝑑𝑡
= 𝑄𝑍 − 𝑄𝑧+∆𝑧 + 𝑄𝑟𝑖𝑛

− 𝑄𝑟𝑜𝑢𝑡
 (2) 

where 𝑄𝑍 and 𝑄𝑧+∆𝑧 are the conductive terms related to the axial 

direction z, while 𝑄𝑟𝑜𝑢𝑡
 is the power dissipated to the 

environment by natural convection. The time derivative of 

internal energy was presented as  
𝑑𝑈

𝑑𝑡
. Each energy term of 

equation (2) was expressed as: 

𝑑𝑈

𝑑𝑡
= 𝜌𝑤𝑐𝑝𝑤

𝜕𝑇

𝜕𝑡
∙ 𝜋(𝑟𝑜𝑢𝑡

2 − 𝑟𝑖𝑛
2) ∙ ∆𝑧 (3a) 

𝑄𝑧 = −𝑘𝑤

𝜕𝑇

𝜕𝑧
∙ 𝜋(𝑟𝑜𝑢𝑡

2 − 𝑟𝑖𝑛
2) (3b) 

𝑄𝑧+∆𝑧 = −𝑘𝑤

𝜕𝑇

𝜕𝑧
∙ 𝜋(𝑟𝑜𝑢𝑡

2 − 𝑟𝑖𝑛
2) − 𝑘𝑤

𝜕2𝑇

𝜕𝑧2
 𝜋(𝑟𝑜𝑢𝑡

2

− 𝑟𝑖𝑛
2) ∙ ∆𝑧 

(3c) 

𝑄𝑟𝑖𝑛
= 𝑞2𝜋𝑟𝑖𝑛 ∙ ∆𝑧 (3d) 

𝑄𝑟𝑜𝑢𝑡
=

(𝑇 − 𝑇𝑒𝑛𝑣)

ℎ𝑒𝑛𝑣

2𝜋𝑟𝑜𝑢𝑡 ∙ ∆𝑧 (3e) 

where 𝜌𝑤, 𝑐𝑝𝑤
and 𝑘𝑤 are the density, specific heat, and thermal 

conductivity of the tube wall, respectively. The outer and inner 

radiuses of the tube were represented as 𝑟𝑜𝑢𝑡 and 𝑟𝑖𝑛 as shown in 

Figure 3. In equation (3e), 𝑇 , 𝑇𝑒𝑛𝑣 , and ℎ𝑒𝑛𝑣  are the fluid 

temperature, the environmental temperature, and overall heat-

transfer coefficient between the tube outer wall and the 

surrounding environment, respectively. By substituting 

equations (3a) - (3e) into equation (2), the heat flux from the fluid 

to the tube inner wall 𝑞 was found as follows. 

𝑞 =
1

2𝑟𝑖𝑛

{(𝜌𝑤𝑐𝑝𝑤

𝜕𝑇

𝜕𝑡
− 𝑘𝑤

𝜕𝑇2

𝜕𝑧2
) ∙ (𝑟𝑜𝑢𝑡

2 − 𝑟𝑖𝑛
2)

+
(𝑇 − 𝑇𝑒𝑛𝑣)

𝐺𝑒𝑛𝑣

∙ 2𝑟𝑜𝑢𝑡} 

(4) 

Equation (4) was solved by means of the finite difference 

method as follows. 

𝑞(𝑧, 𝑡) =
1

2𝑟𝑖𝑛

{(𝜌𝑤𝑐𝑝𝑤

𝑇(𝑧,𝑡+∆𝑡) − 𝑇(𝑧,∆𝑡)

∆𝑡

− 𝑘𝑤

𝑇(𝑧+∆𝑧,𝑡) + 𝑇(𝑧−∆𝑧,𝑡) − 2𝑇(𝑧,𝑡)

(∆𝑧)2
)

∙ (𝑟𝑜𝑢𝑡
2 − 𝑟𝑖𝑛

2) +
(𝑇(𝑧,𝑡) − 𝑇𝑒𝑛𝑣)

𝐺𝑒𝑛𝑣

∙ 2𝑟𝑜𝑢𝑡} 

(5) 

In order to study the flow characteristics in the PHP, the 

similarity of two heat flux signals, referred to two different axial 

coordinates z, was evaluated by classical cross-correlation 

coefficient. For finite functions x1 and x2, the cross-correlation 

𝑅𝑥1,𝑥2
(𝜏) is estimated by [14]: 

𝑅x1,x2(τ)=
1

S-τ
∫ x1(t)x2(t-τ)dt
S

τ

 (6) 

where 𝑆 and 𝜏 denote the observation interval and the time delay, 

respectively. 

In order to compare the two heat flux signals at two different 

time values t1 and t2, it is convenient to choose a M suitable time 

window and compute the following function based on the cross-

correlation between the two shifted signals: 

G𝑞1,𝑞2
(t1,t2)= ∫ 𝑞1(t1+t)∙𝑞2(t2+t)dt

M

0

 (7) 

The cross-correlation was normalized so that the 

autocorrelation at zero lag is 1: 

Gq1,q2,𝑛𝑜𝑟𝑚𝑎𝑙𝑖𝑧𝑒𝑑(t1,t2) =
Gxq1,xq2

(t1,t2)

√G𝑞1,𝑞2
(t1,t1)√G𝑞1,𝑞2

(t2,t2)
 (8) 

In this way the flow structures at the two positions were 

compared for each window from the beginning to the end of the 

temperature measurement by IR camera to find similarities and 

differences. The processing target area of the condenser was 

constituted by every straight tube where the distance from the U-

shaped apex was from 12 mm to 45 m. This was equivalent to 

214 pixels in the longitudinal direction of the IR camera. Each 

tube was identified from Ch 1 to Ch 14 as shown in Figure 3. In 

Figure 3, a total of eight points are shown as 1a~1d and 7a~7d, 

four each in Ch1 and Ch7, as points of heat flux evaluated for 

cross-correlation. The distance from the apex of the U-shape in 

the condenser is 13 mm for 1a and 7a, 29 mm for 1b and 7b, 38 

mm for 1c and 7c, 44 mm for 1d and 7d. 

 

 
Figure 3 Channel identification 

RESULTS AND DISCUSSION 
The measurement results of IR camera suggested that 

ascending of the fluid from the evaporator to the condenser 

started intermittently at Qele = 0.1 W, while it stopped in the 

middle of the condenser. Then, at Qele = 0.5 W, the fluid 

oscillated more actively and ascending fluid returned to the 

evaporator. Figure 5 shows the estimated heat fluxes at three 

different positions in the central tube (7a, 7c, and 7d) of the 

condenser at Qele = 0.1 W, 2 W, and 3.5 W.  

The heat fluxes clearly show the transient of the flow 

regimes: at low power input of 0.5 W, the fluid oscillation was 

still intermittent and occurred randomly, while it transited to 

more periodic and active oscillation with the increase of the 

power input, as can be seen from the increasing the frequency 

and amplitude of the oscillation shown in Figure 4 (b) and (c). 

Figure 4 shows that the waveforms are consistent when the 

distance between two positions is as small as 6 mm (7c and 7d), 

but they shift when the distance is 31 mm (7a and 7d). This trend 

is most pronounced for the heat fluxes at Qel = 0.5 W. 
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      (a)    

   (b)    

 (c)  

Figure 4 Heat fluxes at 7a, 7c, and 7d: (a) Qele = 0.5 W, (b) 

Qele = 2 W, (c) Qele = 3.5 W 

 

The cross-correlation method was applied to the one-minute 

time series heat fluxes of two different combinations of positions 

on Ch7, namely 7a - 7d and 7c - 7d. In particular, the cross-

correlation was computed by considering 15-seconds time 

windows. The results are shown in Figures 6, 7, and 8 for Qele = 

0.5 W, 2 W, and 3.5 W, respectively, as the normalized 

maximum cross-correlations.  

The three figures revealed the different trend in the cross-

correlation depending on the power input. At 0.5 W, there were 

no clear cross-correlations between two positions at a longer 

distance of 31 mm as Figure 5(a) shows, though it could be found 

from the diagonal line in two positions at distance of 6 mm as 

shown in Figure 5(b). On the other hand, the cross-correlation 

between two positions appeared more clearly even in the two 

positions with the distance of 31 mm. At 3.5 W, the cross-

correlation could be confirmed in both Figures 7(a) and 7(b) so 

clearly that the difference due to the distance between two 

positions was indistinguishable. It suggested that the flow in the 

condenser changed with the distance from the evaporator in the 

low power input, possibly due to the intermittent and random 

oscillations. On the other hand, in the high-power input, the fluid 

was presumed to flow continuously inside the analysed channel. 

 

 
  (a)      (b)  

Figure 5 Cross-correlations of heat fluxes at two positions of 

Ch7 at Qele = 0.5 W, (a) 7a and 7d, (b) 7c and 7d 

 

 
  (a)          (b)  

Figure 6 Cross-correlations of heat fluxes at two positions of 

Ch7 at Qele = 2 W, (a) 7a and 7d, (b) 7c and 7d 

 

 
  (a)           (b) 

Figure 7 Cross-correlations of heat fluxes at two positions of 

Ch7 at Qele = 3.5 W, (a) 7a and 7d, (b) 7c and 7d 

 

The cross-correlation method was applied to the heat fluxes 

at 1a - 1d and 1c-1d for Qele = 2 W and 3.5 W, which are shown 

in Figures 8 and 9, respectively. The target time period and time 

windows were equal to those applied for Figures 7 and 8. 

Comparison with Figure 7 shows that at 2 W the cross-

correlation between the two positions is ambiguous in Ch1, even 

at a distance of 6 mm. The Figure 9 also shows the same trend, 

while the diagonal line is shown more clearly. This suggested 

two behaviours of the flow: one was that the fluid oscillated more 

regularly in the central tubes than in the edge tubes, and the other 

is that the oscillation became uniform in all the tubes with 

increase of the heat input. 
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  (a)          (b)  

Figure 8 Cross-correlations of heat fluxes at two positions of 

Ch1 at Qele = 2 W, (a) 1a and 1d, (b) 1c and 1d 

 

 
  (a)            (b) 

Figure 9 Cross-correlations of heat fluxes at two positions of 

Ch1 at Qele = 3.5 W, (a) 1a and 1d, (b) 1c and 1d 

 

Figure 10 shows the estimated heat fluxes at 1b and 7b at Qele 

= 0.5 W, 2 W, and 3.5 W. At 0.5 W, the heat flux remained at 0 

between the peaks shown every 3 ~ 6 seconds in each channel as 

seen in Figure 4(a). However, the peaks in each channel appeared 

to occur randomly with respect to heat other. It is presumed that 

the fluid oscillation occurred in each tube but the oscillation does 

not propagate throughout, therefore it did not maintain and occur 

intermittently with a stop-over period in between. 

At high heat input, the heat fluxes showed more regular 

pulsations, however, at 2 W, their waveforms of Ch1 and Ch7 

still appeared to be unrelated each other, though their dominant 

frequency were similar in Figure 10(b). In addition, the edge tube 

shows a waveform with periodic sharp peaks at large amplitudes 

of up to 4000 W/m2, whereas that of the central tube is more 

stable oscillation with a maximum heat flux of 400 ~ 500 W/m2. 

This suggests the existence of the two different types of the flow 

in the PHP; stable and continuous oscillation in the central tube 

and intermittent flow of the hot fluid from the evaporator to the 

condenser in the edge tube.  

Compared to the results of 0.5 W and 2 W, the difference in 

the waveforms of Ch1 and Ch7 was mitigated at 3.5 W, as shown 

in Figure 10(c). The heat fluxes show the regular and stable 

oscillations regardless the tube location, unlike with the result of 

2 W. The above interpretations are consistent with that of Figure 

9. 

To investigate the correlation between the edge and central 

tubes, the cross-correlation method was applied to the one-

minute time series heat fluxes at 1b and 7b, for Qele = 0.5 W, 2 

W, and 3.5 W. The results are shown in Figure 11. As predicted 

from Figure 10(a), at 0.5 W, there was little cross-correlation 

between the two tubes at 0.5 W. Furthermore, the cross-

correlation appeared clearer than that of 0.5 W with the increase 

of the heat input, also as predicted in Figure 10. At 3.5 W, the 

diagonal line is clearly shown in Figure 11(c), though not as 

pronounced as Figures 7 and 9(b). This indicated that the flows 

in the middle and edge tubes were synchronized. One of the 

reasonable interpretations for this is that the PHP was dominated 

by a unidirectional flow at the high power input, as the previous 

studies reported [15, 16].  

 

(a)      

(b)    

(c)    

Figure 10 Heat fluxes at 1b and 7b: (a) Qele = 0.5 W, (b) Qele 

= 2 W, (c) Qele = 3.5 W 

 

 

 
(a) 
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(b)                                             (c) 

Figure 11 Cross-correlations of heat fluxes at 1b and 7b (a) 

Qele = 0.5 W, (b) Qele = 2 W, (c) Qele = 3.5 W 

 

CONCLUSION  
 

Despite of the advantages and a number of potential 

applications, PHP has not yet been fully practical due to the 

incomplete knowledge of thermo-fluid dynamics governing the 

internal two-phase oscillating flow. A new approach of applying 

the cross-correlation analysis to the local heat fluxes was 

proposed to deepen the understanding on the flow characteristics 

in PHPs. The temperature distribution in the condenser of a 7-

turn PHP was measured by an IR camera, changing the power 

input. The local heat flux distributions were estimated by solving 

the inverse heat conduction problem. The cross-correlation of the 

heat fluxes at two different positions in the same tube or the 

different two tubes in the condenser was analysed. The result 

revealed the different trend in the cross-correlation depending on 

the power input: there are no clear cross-correlations in 0.5 W 

except for the two points with 6-mm-distance in the central tube, 

while it was shown more clearly on the diagonal line with 

increasing power input to 2 W and 3.5 W. At 2W, there was a 

little cross-correlation between the central and edge tubes, which 

suggests the existence of the two different types of the flow in 

the PHP. On the contrary, the results of 3.5 W showed clear 

cross-correlation in these two tubes, indicating they are 

synchronized. It is suggested that the original approach presented 

in this work would lead the further understanding of the chaotic 

fluid oscillation in PHP. 
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ABSTRACT
Two-phase closed thermosyphon (TPCT) is recently being in-

troduced and used in geothermal systems to extract heat from the
ground by utilizing latent heat of phase change to create natural
circulations of heat transfer fluid from the ground (evaporator)
to the earth surface (condenser). This system eliminates the
need for pumping power/parasitic load that otherwise be used
to pump single-phase fluid in the closed-loop geothermal wells.
This paper aims to develop a computationally efficient conjugate
reduced-order model to capture conduction heat transfer in the
ground and phase-change heat transfer inside the thermosyphon.
A 1+1D transient heat conduction in porous media model is
solved in cylindrical coordinates coupled with a thermal network
model of two-phase closed thermosyphon. The finite difference
method is used to discretize the equation in the radial direction,
while the space marching algorithm with spatial correction is
implemented in the axial coordinate. The TPCT is coupled
with the boundary condition of the ground and solved using
Newton-Raphson method. The results were validated against
experimental and numerical data from the literature. Flow-rate
of the coolant fluid and its inlet temperature are evaluated as two
critical operating parameters with respect to the heat extraction
rate. The computational cost is found to be very low, which
shows great potential for practical applications.

INTRODUCTION
To achieve net-zero emissions in the near future, the trend in

global research has been focusing on the sustainable and renew-
able use of energy resources. Thermosyphon (or thermosiphon)
is considered as a high efficient thermal device to meet the net-
zero target due to its working principle; that is, gravity forces
move and circulate the heat transfer fluid (HTF) to passively
exchange heat without any mechanical or electrical pumps [1].
Abundant real-world applications have been reviewed (e.g., solar
energy [2, 3], geothermal heat [4], and the cooling of data cen-
ters [5, 6]), and various types of working fluids have also been

NOMENCLATURE

A [m2] Surface area
cp [J/kg/K] Specific heat capacity
D [m] Diameter
g [m/s2] Gravitational accelaration
h [W/m2/K] Convective coefficient of heat transfer
h f g [j/kg] Latent heat of vaporization
k [W/m/K] Thermal conductivity
Nu [-] Nusselt number
l [m] Length
P [Pa] Pressure
Q [W] Total heat produced/transferred
q [W/m2] Rate of thermal energy (Thermal energy gradient)
R [mK/W] Thermal resistance
r [m] Radius, radial direction
T [K] Temperature
t [s] time

Special characters
ρ [kg/m3] Density
µ [Pa.s] Viscosity

Subscripts
atm Atmosphere
b Borehole/evaporator section
c,n Condenser
e Evaporator
eq Equivalent
f Fluid
g gas
geo Geothermal
HT F Heat transfer fluid
i Inner
in Inlet
o Outer
s Saturation
t Total

used in thermosyphon (e.g., phase change materials [7], nanoflu-
ids [8, 9], and refrigerants [10]).

Two-phase closed thermosyphon (TPCT), in particular, is
widely implemented in the energy systems due to their simple
geometrical structure compared with other heat pipes [11]. The
vast majority of literature centers around the mathematical mod-
eling of TPCT using numerical methods. Jiao et al. [12] estab-
lished a steady-state theoretical model, consisting of the con-
denser, liquid film and liquid pool in the evaporator, to study the
effect of filling ratios in TPCT. Alizadehdakhel et al. [13] built
a two-dimensional two-phase flow computational fluid dynam-
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ics (CFD) model with validations against their experimental re-
sults. A three-dimensional coupled heat transfer model was car-
ried out to simulate the thermal interactions between air, TPCT,
and soil [14]. Fadhl et al. [15] developed a two-dimensional
multiphase model with the volume of fluid (VOF) method to
evaluate the two-phase flow and heat transfer in a wickless heat
pipe. Zueter et al. [16] presented a novel conjugate numerical
model coupled with thermal resistance networks for hybrid ther-
mosyphon as an artificial ground freezing technique in the Gi-
ant Mine, Canada. Recently, a super-long flexible thermosyphon
was studied experimentally and numerically; in particular, a tran-
sient CFD model was established based on the heat transfer and
fluid flow in porous media [17].

Even though the above-mentioned numerical models could
yield accurate results on the transient temperature distribution
for the HTF and near-borehole locations, the computational time
and power are in great demand. As a consequence, a few re-
cent studies have focused on model reduction techniques, also
known as the reduced-order modeling (ROM), to circumvent
the high computational cost associated with conventional nu-
merical methods. One of the most effective ROM frameworks
is the space-marching technique; that is, the numerical scheme
solves in a line-by-line manner and marches each adjacent line
using conservation laws. In a two-dimensional space, the space-
marching technique can also be overseen as a 1+1D algorithm.
This technique was firstly implemented in the selective artifical
ground freezing applications [18, 19] and then in the integrated
solar-geothermal systems [20]. In both works, the 1+1D algo-
rithm took less than 1% of the time spent on the CFD model,
while offering similar accuracy.

We herein present a novel reduced-order model of the
transient heat transfer in thermosyphon for geothermal systems.
The developed model addresses the research gap (i.e., no
coupling between the thermal resistance networks with the
1+1D algorithm) and formulates a computationally efficient
mathematical framework for thermosyphon, specifically for
TPCT. Further, the method of axial correction in the 1+1D
algorithm is implemented to improve thermal contribution in the
axial direction, while adding little computational cost into the
model. The result is validated against a recent experimental data
set in the literature to ensure its accuracy and reliability.

MATHEMATICAL FORMULATION
In this section, the governing equations and boundary condi-

tions of the geothermal thermosyphon model are introduced in
brief and schematically shown in Figure 1.

Two phase closed-loop thermosyphon (TPCT)
A thermal resistance model of the TPCT is coupled with a

reduced order 1+1D model to determine the amount of the heat
absorbed (at the evaporator) and delivered (at the condenser) by
the HTF. The thermal resistance of each part has to be clarified
and calculated. In the TPCT, the inside wall at the evaporator,
condenser, and the outer wall of the condenser are exposed to

Figure 1. Computational domain and boundary conditions of
the mathematical model. The arrows indicate the water inlet and
outlet across the condenser, respectively

convective boundaries. Thus, in order to determine these three
thermal resistances, three h values have to be calculated. There-
fore, the convective thermal resistance of each part can be calcu-
lated by substituting the related h and surface area in the equation
below.

R =
1

h A
(1)

Another important thermal resistance is the conductive thermal
resistance of the pipe wall at the condenser.
The overall thermal resistance of the system, Req, is calculated
based on the summation of one conductive (wall of the con-
denser) and three convective terms including the liquid film and
pool boiling, film condensation, and the resistance at the water
jacket. A detailed explanation of the thermosyphon thermal re-
sistances considered in this paper has been listed below:

1. Liquid film and pool boiling: The convective coefficient
of heat transfer in the evaporator section is calculated by Imura’s
[21] experimental correlation. This correlation has been used to
calculate the convective coefficient of heat transfer in the pres-
ence of a boiling pool and the film of liquid as follows.

h1 = 0.32
[

ρ0.65
f k0.3

f c0.7
p, f g0.2 q0.4

e

ρ0.25
g h0.4

f g µ0.1
f

](
Ps

Patm

)0.3

(2)

The boiling thermal resistance can be calculated as:

R1 =
1

h1 Ae
(3)

2. Film condensation: The coefficient of condensation heat
transfer of the working fluid is calculated by the Nusselt correla-
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tion which is extensively used in this context and is expressed as
the following equation [16].

h2 = 0.925
[k3

f ρ2
f g h f g

µ f qn ln

]1/3

(4)

The thermal resistance along the condenser is calculated as fol-
lows.

R2 =
1

h2 An
(5)

3. Condenser wall: The thermal resistance due to conduction
along the pipe wall is defined by the below equation [22]:

R3 =
1

2πlksteel
ln(

Do

Di
) (6)

where the Do,Di and l are the outer and inner diameters, and
the length of the pipe that is subjected to heat transfer at the
condenser section. k is the thermal conductivity of the pipe.

4. Cooling jacket: At the water jacket, a correlation for the
Nusselt number in coaxial pipes is used, and the coefficient of
convective heat transfer is calculated based on the definition of
the dimensionless Nusselt number as Nu = hL/k. In the annulus,
the Nusselt correlation is as below for laminar flow [23]:

Nu = 0.672r∗0.157 +0.349r∗2.208 +4.364 (7)

where r∗ is the ratio of the inner pipe to the outer pipe. Thus, the
thermal resistance at the cooling jacket is calculated by replacing
the calculated h and the surface area exposed to the convection
into Equation 1. Thus, the thermal resistance in the heat removal
process is calculated as it is given:

R4 =
1

h4 An
(8)

Ground
In this sub-section, the governing equations and boundary

conditions of the ground are explained and expressed in terms
of mathematical equations. In the ground, where the conduction
is the dominant heat transfer mechanism, the heat conduction
equation can be derived as:

∂(ρcpT )
∂t

= ∇ · (k∇T ) (9)

where ρcp and k are heat capacity and thermal conductivity of
the rock, respectively. Moreover, there is no heat generation or

source term in this equation. To solve the diffusion equation,
boundary conditions of the computational domain are required
to be defined. A convective boundary condition is assumed in
the ground interface as the heat source in contact with the TPCT.
The boundary condition along the evaporator section is written
as:

−k
∂T
∂r

∣∣∣∣
evaporator

= h(Te −THT F) (10)

In addition, a constant geothermal heat flux boundary exists at
the bottom boundary and is expressed as:

−k
∂T
∂n

∣∣∣∣
bottom

= qgeo (11)

where n is the direction perpendicular to the radial direction. The
boundary far from the evaporator section does not affect the tem-
perature field near the thermosyphon. Based on the field exper-
iment [17], in this paper we also consider a radial distance of
3[m] from the TPCT centerline as the far boundary of the heat
extraction operation as follows:

∂T
∂r

∣∣∣∣
f ar boundary

= 0 (12)

The top boundary is the surface of the ground in contact with
atmosphere and this convective boundary can be described as:

−k
∂T
∂r

∣∣∣∣
top boundary

= h(T
∣∣
top −T∞) (13)

where T∞ is the temperature of the air.

SOLUTION ALGORITHM
The solution algorithm explained below is used to regenerate

the wall temperature of a TPCT and extracted thermal power un-
der various operational conditions.

Numerical reduced order 1+1D transient model with axial
temperature correction

A numerical approach is selected to study the transient behav-
ior of a TPCT and the surrounding ground due to its simplicity
and high pace computations. It is assumed that the thermal en-
ergy exchange rate exists in the vertical and horizontal directions
of the ground. The initial temperature of the ground is set based
on the geothermal gradient of the case study as 0.05 [◦C/m]. The
convective coefficient of heat transfer inside and outside of the
thermosyphon is calculated as explained in the previous section.
The heat extraction rate from ground layers at each depth is cal-
culated in the radial direction based on the diffusion equation
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discretized implicitly into finite differences. The heat diffusion
equation is also solved in the axial direction. The convective
boundary of the heat conduction problem in the axial direction
is the ground surface and the bottom boundary is a constant heat
flux type. The temperature of the spatial nodes in the radial direc-
tion which is computed line-by-line, are updated by the vertical
temperature change at each time step. To achieve more accurate
results, taking this algorithm is highly recommended, although
this may impose an increase in the computational time. How-
ever, it should be noted that the reduced order 1+1D model is a
powerful and fast technique that still has superiority compared
with considerable run times in 3D CFD-based numerical works
in the literature.

To assess the thermal power production of the geothermal
TPCT, a thermal network model must be coupled with the ground
model to integrate the reduced-order 1+1D model. In the result-
ing model, a Newton-Raphson root finding solver is used to solve
the non-linear total heat transfer equation numerically. The equa-
tion is shown as follows.

Qt =
Te,ave −Tc,ave

Req
(14)

where e, c and Req denote evaporator, condenser, and equiva-
lent thermal resistance, respectively. The Req is computed as
Req =R1+R2+R3+R4, and each resistance has been introduced
in the previous section.

Due to the importance of mesh size in the ground, a mesh
independece study carried out to find the optimum values for
mesh size in radial direction. As the case study is a small scale
TPCT (or SFTS) installed in the ground, the horizontal mesh size
varied between 100 to 600 and the mesh sizes bigger than 400
demostrated higher run times with minor change in the results.
Thus, in the ground computational domain, a total of 400× 28
nodes was considered for radial and axial computations.

RESULTS AND DISCUSSION
In the following, after reviewing the characteristics of the sys-

tem studied by Liu et al. [17], as the benchmark in this paper, the
performance of the introduced reduced order 1+1D model with
axial correction is evaluated and the accuracy and computational
cost of the 1+1D model are discussed.

Model validation
In a pioneering research on the application of a super long

flexible thermosyphon (SFTS) for geothermal energy extraction,
field test and numerical data were presented by Liu et al. The
thermal performance of an SFTS was investigated, and seasonal
alteration of air temperature and its impact on the ground sub-
surface temperature was taken into account. Flow rate and in-
let temperature of the coolant as well as the ground temperature
were found to be the most crucial parameters in the operation.

Characteristics of the SFTS in the literature
A flexible super long thermosyphon was installed in the

ground carrying 10 thermocouples alongside the pipe from the
evaporator to the condenser section. The condenser section on
the ground was insulated, and two other thermocouples were
placed at the inlet and outlet flow of coolant fluid that was con-
nected to the cooling jacket.The coolant fluid was supplied by
a thermostatic bath with a peristaltic pump, and a data logger
recorded the data. Ammonia was used as the working fluid in-
side the closed loop of thermosyphon and water was used as the
coolant fluid during the start-up test. Also, an Ethylene gly-
col/water (1:1) mixture was used instead of water during the
ground temperature recovery tests, as the coolant. The most cru-
cial characteristics of the rock and the SFTS used in the field test
and CFD simulations are listed in Table 1. More details on the
field test and simulations can be found in [17].

Table 1. Main characteristics of the rock and the SFTS [17].
Parameter Value

Ground Initial Temperature 17.45 [oC]
Thermal conductivity 2.1 [W/m/K]
Specific heat capacity 1300 [J/kg/K]
Density 2100 [kg/m3]

SFTS Drilled hole diameter 0.1 [m]
ID of SFTS 0.0205 [m]
Evaporator section length 28 [m]
Adiabatic section length 2 [m]
Condenser section length 2 [m]
Cooling jacket pipe ID 0.048 [m]

During the first phase, a start up test were executed for a pe-
riod of 1 hour to see the thermal response of the TPCT. A 900
ml/min rate and 5.5 oC inlet temperature of the cooling water
were considered and the temperature of the evaporator was re-
ported by thermocouples installed at different depth levels (T1 to
T6). The recorded temperatures are shown in Figure 2 and the
average temperature of the evaporator section has been plotted.
The unexpectedly high temperature of the fifth thermocouple (T5,
installed 8 [m] below the surface), was interpreted as the effect
of seasonal temperature variation on the subsurface. The 1+1D
model solved the coupled system based on the operational pa-
rameters and average value of the initial temperature of the evap-
orator. It could predict the temperature profile of the evaporator
with high accuracy.

The next set of analyses examined the effect of inlet temper-
ature of the coolant fluid at the condenser on the amount of ex-
tracted heat. Therefore, the inlet temperature of the cooling wa-
ter varied at five levels from 5.5 oC to 9.5 oC and the calculated
values of thermal power were corrected considering the effect of
air temperature on the system. The comparison of the outputs
as shown in Figure 3 indicates a 5% difference between the esti-
mated extracted heat by 1+1D model and the experimental data.
Although the results of 1+1D differs to some extent from those of
Liu et al., it can be argued that this gap can be interpreted as non-
uniform thermopysical properties of the ground and errors aris-
ing from using Nusselt correlations. Moreover, imposing various
inlet temperatures led to different times for the system to reach
steady state as it was obvious in temperature profile recordings
reported by Liu et al. Last but not least, the underestimation of
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Figure 2. Temperature recordings of the evaporator section by
thermocouples compared with the average temperature of the
evaporator section computed by reduced order 1+1D model

the average temperature of the evaporator wall in Figure 2 can be
seen as an overestimation of thermal power in Figure 3.

Figure 3. The extracted thermal power during start up test by
the Liu et al. [17] and the reduced order 1+1D model

Turning to the experimental study of Liu et al., a ground tem-
perature recovery test was carried out for 48 hours, consisting of
24 hours heat extraction and 24 hours shutting down the system
and recording the recovery of the ground temperature. Here, the
coolant fluid was replaced by Ethylene glycol/water and the rate
changed to be 1200 ml/min. The 1+1D model used the same
inputs and simulated the heat extraction process for the same
period. The results is shown as Figure 4. The system reached
steady state approximately after 2 hours and the field test results
fluctuated between 400-430 [W] in this period. The results of the
1+1D model fluctuations were less significant and almost leveled
out around 427 [W] after applying the impact of air temperature
at the condenser section. Although a transient heat conduction
model developed in the computational domain of the ground, we
are aware that due to limitations of thermal resistance modeling,

the integrated model failed in fully capturing the transient behav-
ior of the TPCT unlike the steady state period. Finally, in terms
of computational cost, adding the axial temperature correction
caused 60% increase in the running time of the 1+1D model.
However, as the 1+1D model is up to 99% faster than typical 3D
CFD simulations in commercial softwares, the running time of
1+1D code is still considerably small. Moreover, reduced order
1+1D modeling offering the same accuracy and small running
time is of great interest to be used extensively in the ground ther-
mosyphons.

Figure 4. Extracted heat power within the ground temperature
recovery test carried out by Liu et al. [17] compared with the
computed heat power by reduced order 1+1D model

CONCLUSION
This study is the first step towards developing fast and ac-

curate numerical reduced order models of TPCT in geothermal
applications. A novel transient 1+1D model in conjunction with
a thermal resistance model and axial temperature correction has
been proposed to model the ground and the TPCT simultane-
ously. The axial temperature correction coupled with the thermal
resistance and 1+1D model is the unique feature of this study,
used for the first time in this context. Moreover, the 1+1D model
offers significantly lower run times than commercial CFD soft-
wares. Applying the axial thermal energy exchange resulted in a
more realistic extracted power. As geothermal projects are usu-
ally run for the long term, simplifying modeling assumptions
such as ignoring the axial thermal energy exchange can decline
the project’s economic profit by falsely estimating the heat ex-
traction capacity of a TPCT. The developed reduced order 1+1D
model of TPCT is demonstrated to have promising potentials to
be trusted and employed in forecasting the thermal performance
of the ground. For future research, conducting several parametri-
cal studies, modeling various working fluids, and trying multiple
geometrical designs can be investigated.
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ABSTRACT
While smoke bifurcation flow has been receiving more atten-

tion, large tunnel fires have rarely been addressed because of the
expense and difficulty in conducting large fire tests. Computa-
tional fluid dynamics (CFD) simulations present an opportunity
to study smoke bifurcation flow more readily. High longitudinal
ventilation velocity during a tunnel fire reduces smoke stratifica-
tion substantially, and then bifurcation flow emerges. The smoke
flow splits into two branches that flow along the side walls. Previ-
ous studies have addressed smoke bifurcation flow in small fires,
paying the most attention to its first region; the flame angle and
the longitudinal distance between the ceiling impact region and
fire location. A chemically reacting flow CFD model is used in
this study to simulate combustion in a long tunnel. The simu-
lated tunnel is 150m long, 10m wide, and has a height of 5m.
The heat release rates were 30MW and 80MW. Smoke bifurca-
tion flow was observed as the ventilation velocity increased. The
flame angle was found to be insensitive to heat release rate for
large fires, as postulated in previous work.

INTRODUCTION
Fire risk and susceptibility in underground mining tunnels is

high because of the number of different activities which mean
that there are various fire hazards possible and the fire load can
be considerably large. The cause of most human casualties
is smoke exposure, rather than fire burns [1], therefore the
use of ventilation systems to control smoke development is
important. Tunnel fire incidents do not occur often so experience
in handling them is limited, however when it does happen it can
be catastrophic.

NOMENCLATURE

A empirical constant equal to 4
B empirical constant equal to 0.5
b f o [m] fire radius
cp [kJ/kg· K] specific heat capacity of air at constant pressure
D∗ [-] characteristic fire diameter
g [m/s2] acceleration due to gravity
∆Hc [MJ/kg] heat of combustion
H [m] tunnel height
L [m] tunnel length
Ltra j [m] flame length
ṁ f [kg/s] fuel mass loss rate
Q̇ [KW] heat release rate
Q∗ [-] dimensionless heat release rate
R net rate of production
T [K] Temperature
V [m/s] longitudinal ventilation velocity
V ′ [m/s] dimensionless longitudinal ventilation velocity
∆x [m] nominal mesh size

Special characters
ε rate of dissipation of turbulent kinetic energy
κ turbulent kinetic energy
ϕ [◦] flame angle
ρ [kg/m3] density
R reactant
X [-] combustion efficiency

Subscripts
e f effective expression
i species
P product species
r reaction
max Maximum
min Minimum
0 Ambient or reference

Fire modelling techniques can generally be divided into two
approaches; zone models and field models. In zone modelling
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the fire environment is split into discrete zones where relations
that express the exchange of mass, momentum and energy at
zone boundaries are approximated in each region, assuming
uniform conditions within each zone. This approach requires
that heat transfer and flow processes be understood a priori.
These gross simplifications of a complex combustion and fluid
flow scenario are generally insufficient when applied to tunnel
fires [2]. Field models are generally applied through CFD
techniques. In a field model, the region of interest is divided into
small volumes and the equations representing the conservation
of momentum, energy and species concentration, etc., are solved
at a point within each volume; this approach permits, in theory,
a very fine resolution of the problem in terms of both space and
time for all the parameters of interest. With sufficient under-
standing of fire science and numerical modelling, computational
fluid dynamics (CFD) fire models are powerful tools in tunnel
fire research.

While CFD codes have become advanced and powerful
enough to simulate complex fire scenarios in many different con-
texts, computational models for tunnel fires still present a con-
siderable technical challenge. The length scales for fires in long
tunnels can range from sub-millimeter for turbulent combustion
to kilometers for the entire domain. This presents a challenge for
finding a balance between the accuracy of results and the com-
putational expense.
Li et al. [3] and Ingason et al. [4] have found that selecting a
grid size of 0.075D∗, where D∗, the characteristic fire diameter,
is calculated as shown in Equation 1, is reasonable for a tunnel
fire simulation. The ratio of the characteristic fire diameter to
the nominal mesh size, D∗/∆x, should be between 4 and 16 to
fully resolve plume dynamics, according to recommendations by
the FDS User Guide [5]. For the tunnel size considered in this
present study (150m long, 10m wide, 5m high) and a large fire
size (> 10MW), the minimum average size of an element would
be in the order of 1cm, and the number of elements would be in
the order of 106. Computations of this size have been shown to
be comparable to both large-scale and model-scale experiments
[6]. If the grids were to be made any finer, the number of nodal
elements would grow beyond the order of 1012 which shows the
challenge of tunnel fire computations. Whilst such large compu-
tations are not impossible, the huge computational expense and
run time reduce the practical utility of the simulation.

D∗ =

(
Q̇

ρacpTa
√

g

)2/5

(1)

Most real combustion flows are turbulent and the problem of
solving them is compounded because the fast, intense energy
release associated with combustion controls the flow.
Hwang et al. [7] played a pioneering role in successfully simu-
lating a fire in a tunnel by developing a 2D model using a control
volume approach, where they focussed on the development of a

backlayering layer and how it is affected by the fire source and
ventilation flow. Markatos et al. [8] created a 2D model to study
buoyancy-induced smoke flow where the fire was considered as
a source of heat and smoke and the standard κ− ε turbulence
model was used. Haselman [9] created a numerical combustion
model called TDC, which is a two-dimensional finite difference
code which solves hydrodynamic conservation equations. The
equations are solved first in a Lagrangian coordinate system
and then mapped back to the Eulerian grid [10]. In more
recent times, specific CFD codes have been developed for fire
modelling and these include JASMINE, SMARTFIRE, SOFIE,
Fire Dynamics Simulator (FDS), and FireFoam.

Not much literature is available on tunnel fire smoke flow de-
velopment under high longitudinal ventilation velocity, not least
for large fires. High longitudinal ventilation velocity during a
tunnel fire destroys smoke stratification substantially, and then
bifurcation flow emerges. The smoke flow separates into two
branches that flow along the walls on the sides, and there remains
a low temperature region in the middle [11]. Previous studies
have addressed smoke bifurcation flow in small fires, paying the
most attention to its first region; the flame angle and the longi-
tudinal distance between the ceiling impact region and fire loca-
tion. At low ventilation velocity the fire plume is barely tilted
by the horizontal wind, and therefore the flame angle approaches
90°. Li and Ingason [11] suggested a model to predict the flame
angle for tunnel fires after performing a number of small-scale
experiments. This work built upon Raj et al’s [12] model for
open fires, and the prediction model is shown in Equation 2:

sinϕ =
He f

Ltra j
=

{
1 V ′ ≤ 0.19
(5.26V ′)−3/5 V ′ > 0.19

(2)

Where the dimensionless longitudinal ventilation velocity,
V ′ = V

(Qg/b f oρacpTa)1/3

In small fires, therefore, the position where the plume impacts
the ceiling is related directly to the dimensionless ventilation ve-
locity. The flame angle depends on the entrainment of the venti-
lation flow with the fire plume, hence width has no influence but
the effective tunnel height plays a key role.
When the fire is large the flame tip impacts the ceiling and the
combustion zone spreads along the tunnel. According to Li
and Ingason [11], while the flame angle is dependent on the di-
mensionless ventilation velocity, it becomes insensitive to heat
release rate for a large tunnel fire. A large tunnel fire is de-
fined as having a dimensionless heat release rate of over 0.15
(Q∗ > 0.15).

Where Q∗ = Q̇
ρacpTag1/2H5/2

The full expression for the flame angle then becomes:
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sinϕ =
He f

Ltra j
=


1 V ′ ≤ 0.19
(5.26V ′)−3/5 V ′ > 0.19,Q∗ ≤ 0.15
0.5H1/2(b f oV 3)−1/5 V ′ > 0.19,Q∗ > 0.15

(3)
Equation 3 is shown together with experimental results from

SWJTU model-scale fire tests performed by Li and Ingason [11],
in Figure 1. Equation 3 does not match SWJTU fire tests data
well, it overestimates sinϕ, which means it over-predicts the
influence of longitudinal ventilation velocity on the fire plume.

Figure 1. The flame angle and ventilation velocity, showing
experimental data from SWJTU fire tests [11].

A CFD simulation for large fires is important because of the
dangers and expense that would be involved in full-scale exper-
iments. Additionally, there would be difficulty in visualizing
smoke bifurcation flow (which is seen from the ceiling) for a full-
scale experiment. However, there has been very limited work on
testing and verifying reacting flow models for tunnel fire appli-
cation. The aim of this paper is to fill this knowledge gap, to
further test the capability of a reacting flow model for simulat-
ing large tunnel fires under high longitudinal velocity. Moreover,
this paper focuses on comparing the computed results including
temperature against experiments, and investigating the important
parameters of the computational model.

NUMERICAL METHOD
A chemically reacting flow model was used in ANSYS Fluent

(version 2021 R1) to analyse the different regions of smoke
bifurcation flow for large fires. ANSYS Fluent has been widely
used and validated for many aspects of enclosure fire safety,
smoke movement, and combustion, including in tunnels [6] [13].
The simulated tunnel is 150m long, 10m wide, and has a height
of 5m and is shown in Figure 2. The heat release rates that were
simulated were 30MW and 80MW. The inlet and outlet ends of
the tunnel were velocity inlet and pressure outlet, respectively.
The fire source was located 50m from the tunnel inlet, to allow
for some smoke flow upstream.

150m

100m

symmetry

ou
tle

t

fuel inlet

inl
et

Figure 2. Computational Domain.

Drysdale [14] emphasizes the fact that: “although fire is (pri-
marily) a manifestation of a chemical reaction, the mode of burn-
ing may depend more on the physical state and distribution of the
fuel, and its environment than on its chemical nature.” Therefore,
propane was used as the fuel, chosen for its nature as a hydrocar-
bon that could be used for gaseous combustion. Propane was
assigned different mass loss rates at the fuel inlet (calculated as
shown in Equation 4), prescribed according to the desired fire
size. Chemistry is not the rate-limiting factor in fire development
in tunnels.

ṁ f =
Q̇

X ·∆Hc
(4)

Combustion is a very complex phenomenon involving many
reactions with many intermediate species, yet when focussing
on fluid mechanics, many simplifications are possible. Mixing
and entrainment are heavily influenced by mass density, so when
considering fluid mechanics, combustion physics is more influ-
ential than combustion chemistry. In the present study the com-
bustion process was simplified, the chemistry was treated by the
irreversible single step mechanism given in Equation 5:

C3H8 +5O2 +18.8N2 → 3CO2 +4H2O+18.8N2 (5)

Various ventilation velocities from natural ventilation to
10m/s were simulated.

The Species Transport Equations and Eddy Dissipation Model
(EDM) was used to model the turbulence/chemistry interaction.
The EDM was developed by Magnussen and Hjertager [15] and
it computes the reaction rates based on turbulent mixing. The
assumption is that the chemical kinetic rates are a lot faster than
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rates of turbulent mixing, so the rate-limiting process is turbulent
mixing. The net rate of production of species, i, due to reaction,
r, Ri,r is given by the limiting value of the two expressions shown
in Equations 6 and 7. The chemical reaction rate is governed
by the large eddy mixing time scale, ε

κ
, whenever turbulence is

present ( ε

κ
> 0). A source of ignition was not a requirement for

combustion to occur, instead a small amount of the products were
patched into the flow field to initiate the reaction, mole fractions
of 1×10−10 for both H2O and CO2.

Ri,r = ν
′
i,rMw,iAρ

ε

κ
minR

(
YR

ν
′
R ,rMw,R

)
(6)

Ri,r = ν
′
i,rMw,iABρ

ε

κ

∑P YP

∑
N
j ν

′′
j,rMw, j

(7)

The time scale of the reaction is much shorter than the flow
time, therefore it can generally be acceptable to approximate the
chemical reaction as infinitely fast. Therefore, the reactants can
never exist at the same space and time as the fuel and oxygen
react instantaneously at any temperature.

The buoyancy-augmented κ− ε turbulence model was used
to represent turbulent transport.

The current model has been checked for grid and time-step
independence. As a result, an unstructured mesh approach
was used, with 4,004,450 cells. The grid had a D∗/∆x of 6,
calculated according to Equation 1, and a finer grid resolu-
tion (D∗/∆x = 12) was used where strong local gradients of
properties were expected. A final time-step size of 0.2s was used.

Radiative transport should be solved if it is considered an im-
portant mechanism for heat transfer in a convective-diffusive-
reactive environment. In combustion problems, temperature gra-
dients are very steep such that the region where the radiative flux
is significant is a small subset of the entire flow domain [16]. In
a lot of previous research, the modelling of radiative transfer is
often neglected, mainly because it involves complex mathemat-
ics, high computational cost, lack of chemical kinetics database,
and significant uncertainty concerning the optical properties of
the participating media and surfaces [17]. The calculation of gas-
radiation and soot-radiation properties is generally rather compli-
cated [18]. Due to similar considerations, radiation heat transfer
was not considered in the current set of results.

Some pioneering studies have been successfully undertaken
to simulate fires and smoke propagation in tunnels while ne-
glecting radiation. Hwang et al. [7] developed a 2D model using
a control volume approach where the interaction of ventilation
flow and fire where successfully modelled. Markatos et al. [8]

developed a 2D model to study buoyancy-induced smoke flow
where attention was paid to the validity of turbulence models.
The fire was considered a source of heat and smoke and the
equations were solved numerically by SIMPLE and NEAT
algorithms. Kotoh and Yamanaka [19] developed a code based
on SIMPLE and ADI schemes and considered fire as a source
of heat and smoke, but also neglected radiation. Tabarra et al.
[20] used FLOW3D code, which was developed by the AEA of
the UK in the late 1980s, and a standard κ− ε turbulent model
without radiation to study smoke behaviour downstream of the
fire source. They also conducted a reduced-scale experiment
with an equivalent fire size of 4MW.
All these studies’ computational results were in good agreement
with experimental data and were generally able to capture the
characteristics of smoke propagation observed in experiments.

RESULTS AND DISCUSSION
This section will present results and analysis obtained by

using the methodology described above.

The reacting flow methodology presented here does not
attempt to directly model the actual, very complicated burn
scenario, which, if modelled, would result high computational
expense and runtime. Instead there is a continuous addition of
fuel at the fire location, akin to gradual release of vapour. The
heat release rate of the fire is fairly constant and the velocity
and temperature of the flow are fully-developed, which results
in well-ordered, though not steady, flow. The whole combustion
process can be divided into four stages: initial stage, growth
stage, steady profile or developed phase and decay stage.
Therefore, the stage simulated in this present study is the steady
profile or developed phase, corresponding to the fully developed
fire after flashover. In this phase, the heat release rate is at its
peak value, representing the worst case scenario.

The results of the simulation were compared with Ji et al. [22]
model-scale fire tests for the transverse temperature distribution
at a location downstream of the fire. The comparison is shown in
Figure 3. Both 2D and 3D simulations were performed initially.
This was done to determine if a 3D domain was necessary,
considering the possibility of in-plane flow. Tunnel width will
likely have an effect on the flow properties as previous studies
have found. Studies by Ji et al. [23], Lee and Ryou [24], and
Kurioka et al. [25] have shown that tunnel width has an effect
on temperature distribution. The smoke temperature under the
ceiling decays more slowly in both longitudinal and transverse
directions as tunnel width decreases. The trends in the results
seem to align, but the accuracy is different. In the lower part
of the tunnel the temperature is uniform, at ambient conditions.
This is followed by a fairly sharp temperature gradient in the
interface region between the cold layer at the bottom and the
hot layer at the top. The temperature then reaches maximum
at the ceiling. The height where the temperatures switch from
constant to a temperature gradient seems to match well for
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the 3D domain. The discrepancy in the results could possibly
be because of a lack of information on the real ventilation
velocity profile. Woodburn and Britter [26] in their sensitivity
study found that accurate simulation of the region around the
fire required precise information about the ventilation velocity
profile. Additionally, the EDM likely overestimates the reaction
rates as well as the HRR. A reduction in HRR would offset
this. Other factors affecting the accuracy of the results are
inaccuracies of the turbulence model and neglecting radiation.
Ultimately, the 3D simulation shows better agreement than the
2D, and was therefore be used in this study. Despite the slight
difference in the accuracy of results, the suggested methodology
is feasible for simulating fires, subject to improvements in the
model.

Figure 3. Comparison of the present study’s 2D simulation and
3D simulation with previous work.

Figure 4 shows smoke bifurcation flow for a 30MW fire size
under longitudinal ventilation velocity of 6m/s. The smoke de-
velopment is described by three regions, where in Region I the
smoke plume rises from the fire and impinges on the ceiling. In
Region II the smoke spreads laterally and impacts the side-walls,
and then in Region III the flow transitions to one-dimensional
spreading. It can be observed that a low-temperature region
forms in the centreline of the tunnel ceiling, which coincides with
there being barely any smoke in that area. The model does then
show smoke bifurcation flow for large fires under high ventila-
tion velocity.

Figure 5 shows temperature contours at the ceiling for differ-
ent ventilation velocities. The results show that when longitudi-
nal ventilation increases beyond a certain value, bifurcation flow
emerges and clarifies as the ventilation velocity continues to in-
crease.

Figure 6 shows velocity fields at 80% of the tunnel height
(0.8H) for different velocities, for a 30MW fire. The results also
show that bifurcation flow exists at high velocities. While the
smoke flow accelerates after impinging on the ceiling, the area at
the centreline is a ‘dead area’ where there is no smoke. Figure 5
and Figure 6 agree on how smoke bifurcation flow is established

Region I
Reg
II Region III

Low-temperature region
L1 L2 L3

fire source

ϕ

(a)

(b)

Figure 4. Temperature contour for a 30MW fire under 6m/s
longitudinal ventilation velocity (a) longitudinal symmetry plane
(b) top view.

(a)

(b)

(c)

(d)

Figure 5. Temperature contour showing bifurcation flow de-
velopment at (a) 5m/s, (b) 6m/s, (c) 8m/s, and (d) 10m/s for a
30MW fire.

in a tunnel.

(a)

(b)

(c)

(d)

Figure 6. Velocity streamlines showing bifurcation flow devel-
opment at (a) 5m/s, (b) 6m/s, (c) 8m/s, and (d) 10m/s for a 30MW
fire.

Figure 7 shows how the flame angle is influenced by ventila-
tion velocity for two large fires simulated in this study. Of in-
terest is how for the same velocity the flame angle for the two
fire sizes, 30MW and 80MW, is essentially the same, shown by
points being on top of each other or close. This seems to val-
idate that the flame angle is insensitive to heat release rate for
large tunnel fires. This is particularly true at high ventilation
velocities. The simulation data are plotted together with data
from SWJTU model-scale fire tests performed by Li and Inga-
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son [11] in Figure 7. Current computational results match the
experimental results from the SWJTU fire tests, which validates
the methodology used in this study.

Figure 7. The flame angle and ventilation velocity, computa-
tional results plotted with SWJTU tests.

CONCLUSION
The Eddy Dissipation Model and Species Transport Equa-

tions, have been formulated as a combustion model for the
RANS simulations and implemented in ANSYS Fluent. The
model has been applied for the turbulent propane/air combustion
of large fires under high longitudinal ventilation velocities. The
reacting flow model validates well for small fires, and shows that
it would be appropriate to use as a method for simulating large
fires, and it is reasonably accurate even at the near-field region
of the fire source.
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ABSTRACT
While smoke bifurcation flow has been receiving more atten-

tion, large tunnel fires have rarely been addressed because of the
expense and difficulty in conducting large fire tests. Computa-
tional fluid dynamics (CFD) simulations present an opportunity
to study smoke bifurcation flow more readily. High longitudinal
ventilation velocity during a tunnel fire reduces smoke stratifica-
tion substantially, and then bifurcation flow emerges. The smoke
flow splits into two branches that flow along the side walls. Previ-
ous studies have addressed smoke bifurcation flow in small fires,
paying the most attention to its first region; the flame angle and
the longitudinal distance between the ceiling impact region and
fire location. A chemically reacting flow CFD model is used in
this study to simulate combustion in a long tunnel. The simu-
lated tunnel is 150m long, 10m wide, and has a height of 5m.
The heat release rates were 30MW and 80MW. Smoke bifurca-
tion flow was observed as the ventilation velocity increased. The
flame angle was found to be insensitive to heat release rate for
large fires, as postulated in previous work.

INTRODUCTION
Fire risk and susceptibility in underground mining tunnels is

high because of the number of different activities which mean
that there are various fire hazards possible and the fire load can
be considerably large. The cause of most human casualties
is smoke exposure, rather than fire burns [1], therefore the
use of ventilation systems to control smoke development is
important. Tunnel fire incidents do not occur often so experience
in handling them is limited, however when it does happen it can
be catastrophic.

NOMENCLATURE

A empirical constant equal to 4
B empirical constant equal to 0.5
b f o [m] fire radius
cp [kJ/kg· K] specific heat capacity of air at constant pressure
D∗ [-] characteristic fire diameter
g [m/s2] acceleration due to gravity
∆Hc [MJ/kg] heat of combustion
H [m] tunnel height
L [m] tunnel length
Ltra j [m] flame length
ṁ f [kg/s] fuel mass loss rate
Q̇ [KW] heat release rate
Q∗ [-] dimensionless heat release rate
R net rate of production
T [K] Temperature
V [m/s] longitudinal ventilation velocity
V ′ [m/s] dimensionless longitudinal ventilation velocity
∆x [m] nominal mesh size

Special characters
ε rate of dissipation of turbulent kinetic energy
κ turbulent kinetic energy
ϕ [◦] flame angle
ρ [kg/m3] density
R reactant
X [-] combustion efficiency

Subscripts
e f effective expression
i species
P product species
r reaction
max Maximum
min Minimum
0 Ambient or reference

Fire modelling techniques can generally be divided into two
approaches; zone models and field models. In zone modelling
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the fire environment is split into discrete zones where relations
that express the exchange of mass, momentum and energy at
zone boundaries are approximated in each region, assuming
uniform conditions within each zone. This approach requires
that heat transfer and flow processes be understood a priori.
These gross simplifications of a complex combustion and fluid
flow scenario are generally insufficient when applied to tunnel
fires [2]. Field models are generally applied through CFD
techniques. In a field model, the region of interest is divided into
small volumes and the equations representing the conservation
of momentum, energy and species concentration, etc., are solved
at a point within each volume; this approach permits, in theory,
a very fine resolution of the problem in terms of both space and
time for all the parameters of interest. With sufficient under-
standing of fire science and numerical modelling, computational
fluid dynamics (CFD) fire models are powerful tools in tunnel
fire research.

While CFD codes have become advanced and powerful
enough to simulate complex fire scenarios in many different con-
texts, computational models for tunnel fires still present a con-
siderable technical challenge. The length scales for fires in long
tunnels can range from sub-millimeter for turbulent combustion
to kilometers for the entire domain. This presents a challenge for
finding a balance between the accuracy of results and the com-
putational expense.
Li et al. [3] and Ingason et al. [4] have found that selecting a
grid size of 0.075D∗, where D∗, the characteristic fire diameter,
is calculated as shown in Equation 1, is reasonable for a tunnel
fire simulation. The ratio of the characteristic fire diameter to
the nominal mesh size, D∗/∆x, should be between 4 and 16 to
fully resolve plume dynamics, according to recommendations by
the FDS User Guide [5]. For the tunnel size considered in this
present study (150m long, 10m wide, 5m high) and a large fire
size (> 10MW), the minimum average size of an element would
be in the order of 1cm, and the number of elements would be in
the order of 106. Computations of this size have been shown to
be comparable to both large-scale and model-scale experiments
[6]. If the grids were to be made any finer, the number of nodal
elements would grow beyond the order of 1012 which shows the
challenge of tunnel fire computations. Whilst such large compu-
tations are not impossible, the huge computational expense and
run time reduce the practical utility of the simulation.

D∗ =

(
Q̇

ρacpTa
√

g

)2/5

(1)

Most real combustion flows are turbulent and the problem of
solving them is compounded because the fast, intense energy
release associated with combustion controls the flow.
Hwang et al. [7] played a pioneering role in successfully simu-
lating a fire in a tunnel by developing a 2D model using a control
volume approach, where they focussed on the development of a

backlayering layer and how it is affected by the fire source and
ventilation flow. Markatos et al. [8] created a 2D model to study
buoyancy-induced smoke flow where the fire was considered as
a source of heat and smoke and the standard κ− ε turbulence
model was used. Haselman [9] created a numerical combustion
model called TDC, which is a two-dimensional finite difference
code which solves hydrodynamic conservation equations. The
equations are solved first in a Lagrangian coordinate system
and then mapped back to the Eulerian grid [10]. In more
recent times, specific CFD codes have been developed for fire
modelling and these include JASMINE, SMARTFIRE, SOFIE,
Fire Dynamics Simulator (FDS), and FireFoam.

Not much literature is available on tunnel fire smoke flow de-
velopment under high longitudinal ventilation velocity, not least
for large fires. High longitudinal ventilation velocity during a
tunnel fire reduces smoke stratification substantially, and then
bifurcation flow emerges. The smoke flow separates into two
branches that flow along the side-walls, leaving a low tempera-
ture region in the middle [11]. Previous studies have addressed
smoke bifurcation flow in small fires, paying the most attention
to its first region; the flame angle and the longitudinal distance
between the ceiling impact region and fire location. At low ven-
tilation velocity the fire plume is barely tilted by the horizontal
wind, and therefore the flame angle approaches 90°. Li and Inga-
son [11] suggested a model to predict the flame angle for tunnel
fires after performing a number of small-scale experiments. This
work built upon Raj et al’s [12] model for open fires, and the
prediction model is shown in Equation 2:

sinϕ =
He f

Ltra j
=

{
1 V ′ ≤ 0.19
(5.26V ′)−3/5 V ′ > 0.19

(2)

Where the dimensionless longitudinal ventilation velocity,
V ′ = V

(Qg/b f oρacpTa)1/3

In small fires, therefore, the position where the plume impacts
the ceiling is related directly to the dimensionless ventilation ve-
locity. The flame angle depends on the entrainment of the venti-
lation flow with the fire plume, hence width has no influence but
the effective tunnel height plays a key role.
When the fire is large the flame tip impacts the ceiling and the
combustion zone spreads along the tunnel. According to Li
and Ingason [11], while the flame angle is dependent on the di-
mensionless ventilation velocity, it becomes insensitive to heat
release rate for a large tunnel fire. A large tunnel fire is de-
fined as having a dimensionless heat release rate of over 0.15
(Q∗ > 0.15).

Where Q∗ = Q̇
ρacpTag1/2H5/2

The full expression for the flame angle then becomes:
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sinϕ =
He f

Ltra j
=


1 V ′ ≤ 0.19
(5.26V ′)−3/5 V ′ > 0.19,Q∗ ≤ 0.15
0.5H1/2(b f oV 3)−1/5 V ′ > 0.19,Q∗ > 0.15

(3)
Equation 3 is shown together with experimental results from

SWJTU model-scale fire tests performed by Li and Ingason [11],
in Figure 1. Equation 3 does not match SWJTU fire tests data
well, it overestimates sinϕ, which means it over-predicts the
influence of longitudinal ventilation velocity on the fire plume.

Figure 1. The flame angle and ventilation velocity, showing
experimental data from SWJTU fire tests [11].

A CFD simulation for large fires is important because of the
dangers and expense that would be involved in full-scale exper-
iments. Additionally, there would be difficulty in visualizing
smoke bifurcation flow (which is seen from the ceiling) for a full-
scale experiment. However, there has been very limited work on
testing and verifying reacting flow models for tunnel fire appli-
cation. The aim of this paper is to fill this knowledge gap, to
further test the capability of a reacting flow model for simulat-
ing large tunnel fires under high longitudinal velocity. Moreover,
this paper focuses on comparing the computed results including
temperature against experiments, and investigating the important
parameters of the computational model.

NUMERICAL METHOD
A chemically reacting flow model was used in ANSYS Fluent

(version 2021 R1) to analyse the different regions of smoke
bifurcation flow for large fires. ANSYS Fluent has been widely
used and validated for many aspects of enclosure fire safety,
smoke movement, and combustion, including in tunnels [6] [13].
The simulated tunnel is 150m long, 10m wide, and has a height
of 5m and is shown in Figure 2. The heat release rates that were
simulated were 30MW and 80MW. The inlet and outlet ends of
the tunnel were velocity inlet and pressure outlet, respectively.
The fire source was located 50m from the tunnel inlet, to allow
for some smoke flow upstream.

150m

100m

symmetry

ou
tle

t

fuel inlet

inl
et

Figure 2. Computational Domain.

Drysdale [14] emphasizes the fact that: “although fire is (pri-
marily) a manifestation of a chemical reaction, the mode of burn-
ing may depend more on the physical state and distribution of the
fuel, and its environment than on its chemical nature.” Therefore,
propane was used as the fuel, chosen for its nature as a hydrocar-
bon that could be used for gaseous combustion. Propane was
assigned different mass loss rates at the fuel inlet (calculated as
shown in Equation 4), prescribed according to the desired fire
size. Chemistry is not the rate-limiting factor in fire development
in tunnels.

ṁ f =
Q̇

X ·∆Hc
(4)

Combustion is a very complex phenomenon involving many
reactions with many intermediate species, yet when focussing
on fluid mechanics, many simplifications are possible. Mixing
and entrainment are heavily influenced by mass density, so when
considering fluid mechanics, combustion physics is more influ-
ential than combustion chemistry. In the present study the com-
bustion process was simplified, the chemistry was treated by the
irreversible single step mechanism given in Equation 5:

C3H8 +5O2 +18.8N2 → 3CO2 +4H2O+18.8N2 (5)

Various ventilation velocities from natural ventilation to
10m/s were simulated.

The Species Transport Equations and Eddy Dissipation Model
(EDM) was used to model the turbulence/chemistry interaction.
The EDM was developed by Magnussen and Hjertager [15] and
it computes the reaction rates based on turbulent mixing. The
assumption is that the chemical kinetic rates are a lot faster than
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rates of turbulent mixing, so the rate-limiting process is turbulent
mixing. The net rate of production of species, i, due to reaction,
r, Ri,r is given by the limiting value of the two expressions shown
in Equations 6 and 7. The chemical reaction rate is governed
by the large eddy mixing time scale, ε

κ
, whenever turbulence is

present ( ε

κ
> 0). A source of ignition was not a requirement for

combustion to occur, instead a small amount of the products were
patched into the flow field to initiate the reaction, mole fractions
of 1×10−10 for both H2O and CO2.

Ri,r = ν
′
i,rMw,iAρ

ε

κ
minR

(
YR

ν
′
R ,rMw,R

)
(6)

Ri,r = ν
′
i,rMw,iABρ

ε

κ

∑P YP

∑
N
j ν

′′
j,rMw, j

(7)

The time scale of the reaction is much shorter than the flow
time, therefore it can generally be acceptable to approximate the
chemical reaction as infinitely fast. Therefore, the reactants can
never exist at the same space and time as the fuel and oxygen
react instantaneously at any temperature.

The buoyancy-augmented κ− ε turbulence model was used
to represent turbulent transport.

The current model has been checked for grid and time-step
independence. As a result, an unstructured mesh approach
was used, with 4,004,450 cells. The grid had a D∗/∆x of 6,
calculated according to Equation 1, and a finer grid resolu-
tion (D∗/∆x = 12) was used where strong local gradients of
properties were expected. A final time-step size of 0.2s was used.

Radiative transport should be solved if it is considered an im-
portant mechanism for heat transfer in a convective-diffusive-
reactive environment. In combustion problems, temperature gra-
dients are very steep such that the region where the radiative flux
is significant is a small subset of the entire flow domain [16]. In
a lot of previous research, the modelling of radiative transfer is
often neglected, mainly because it involves complex mathemat-
ics, high computational cost, lack of chemical kinetics database,
and significant uncertainty concerning the optical properties of
the participating media and surfaces [17]. The calculation of gas-
radiation and soot-radiation properties is generally rather compli-
cated [18]. Due to similar considerations, radiation heat transfer
was not considered in the current set of results.

Some pioneering studies have been successfully undertaken
to simulate fires and smoke propagation in tunnels while ne-
glecting radiation. Hwang et al. [7] developed a 2D model using
a control volume approach where the interaction of ventilation
flow and fire where successfully modelled. Markatos et al. [8]

developed a 2D model to study buoyancy-induced smoke flow
where attention was paid to the validity of turbulence models.
The fire was considered a source of heat and smoke and the
equations were solved numerically by SIMPLE and NEAT
algorithms. Kotoh and Yamanaka [19] developed a code based
on SIMPLE and ADI schemes and considered fire as a source
of heat and smoke, but also neglected radiation. Tabarra et al.
[20] used FLOW3D code, which was developed by the AEA of
the UK in the late 1980s, and a standard κ− ε turbulent model
without radiation to study smoke behaviour downstream of the
fire source. They also conducted a reduced-scale experiment
with an equivalent fire size of 4MW.
All these studies’ computational results were in good agreement
with experimental data and were generally able to capture the
characteristics of smoke propagation observed in experiments.

RESULTS AND DISCUSSION
This section will present results and analysis obtained by

using the methodology described above.

The reacting flow methodology presented here does not
attempt to directly model the actual, very complicated burn
scenario, which, if modelled, would result high computational
expense and runtime. Instead there is a continuous addition of
fuel at the fire location, akin to gradual release of vapour. The
heat release rate of the fire is fairly constant and the velocity
and temperature of the flow are fully-developed, which results
in well-ordered, though not steady, flow. The whole combustion
process can be divided into four stages: initial stage, growth
stage, steady profile or developed phase and decay stage.
Therefore, the stage simulated in this present study is the steady
profile or developed phase, corresponding to the fully developed
fire after flashover. In this phase, the heat release rate is at its
peak value, representing the worst case scenario.

The results of the simulation were compared with Ji et al. [22]
model-scale fire tests for the transverse temperature distribution
at a location downstream of the fire. The comparison is shown in
Figure 3. Both 2D and 3D simulations were performed initially.
This was done to determine if a 3D domain was necessary,
considering the possibility of in-plane flow. Tunnel width will
likely have an effect on the flow properties, as previous studies
by Ji et al. [23], Lee and Ryou [24], and Kurioka et al. [25]
have found. The smoke temperature under the ceiling decays
more slowly in both longitudinal and transverse directions as
tunnel width decreases. The trends in the results seem to align,
but the accuracy is different. In the lower part of the tunnel the
temperature is uniform, at ambient conditions. This is followed
by a fairly sharp temperature gradient in the interface region
between the cold layer at the bottom and the hot layer at the
top. The temperature then reaches maximum at the ceiling.
The height where the temperatures switch from constant to a
temperature gradient seems to match well for the 3D domain.
The discrepancy in the results could possibly be because of
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a lack of information on the real ventilation velocity profile.
Woodburn and Britter [26] in their sensitivity study found that
accurate simulation of the region around the fire required precise
information about the ventilation velocity profile. Additionally,
the EDM likely overestimates the reaction rates as well as the
HRR. A reduction in HRR would offset this. Other factors
affecting the accuracy of the results are inaccuracies of the
turbulence model and neglecting radiation. Ultimately, the
3D simulation shows better agreement than the 2D, and was
therefore be used in this study. Despite the slight difference in
the accuracy of results, the suggested methodology is feasible
for simulating fires, subject to improvements in the model.

Figure 3. Comparison of the present study’s 2D simulation and
3D simulation with previous work.

Figure 4 shows smoke bifurcation flow for a 30MW fire size
under longitudinal ventilation velocity of 6m/s. The smoke de-
velopment is described by three regions, where in Region I the
smoke plume rises from the fire and impinges on the ceiling. In
Region II the smoke spreads laterally and impacts the side-walls,
and then in Region III the flow transitions to one-dimensional
spreading. It can be observed that a low-temperature region
forms in the centreline of the tunnel ceiling, which coincides with
there being barely any smoke in that area. The model does then
show smoke bifurcation flow for large fires under high ventila-
tion velocity.

Figure 5 shows temperature contours at the ceiling for differ-
ent ventilation velocities. The results show that when longitudi-
nal ventilation increases beyond a certain value, bifurcation flow
emerges and clarifies as the ventilation velocity continues to in-
crease.

Figure 6 shows velocity fields at 80% of the tunnel height
(0.8H) for different velocities, for a 30MW fire. The results also
show that bifurcation flow exists at high velocities. While the
smoke flow accelerates after impinging on the ceiling, the area at
the centreline is a ‘dead area’ where there is no smoke. Figure 5
and Figure 6 agree on how smoke bifurcation flow is established
in a tunnel.

Figure 7 shows how the flame angle is influenced by ventila-

Region I
Reg
II Region III

Low-temperature region
L1 L2 L3

fire source

ϕ

(a)

(b)

Figure 4. Temperature contour for a 30MW fire under 6m/s
longitudinal ventilation velocity (a) longitudinal symmetry plane
(b) top view.

(a)

(b)

(c)

(d)

Figure 5. Temperature contour showing bifurcation flow de-
velopment at (a) 5m/s, (b) 6m/s, (c) 8m/s, and (d) 10m/s for a
30MW fire.

(a)

(b)

(c)

(d)

Figure 6. Velocity streamlines showing bifurcation flow devel-
opment at (a) 5m/s, (b) 6m/s, (c) 8m/s, and (d) 10m/s for a 30MW
fire.

tion velocity for two large fires simulated in this study. Of in-
terest is how for the same velocity the flame angle for the two
fire sizes, 30MW and 80MW, is essentially the same, shown by
points being on top of each other or close. This seems to val-
idate that the flame angle is insensitive to heat release rate for
large tunnel fires. This is particularly true at high ventilation
velocities. The simulation data are plotted together with data
from SWJTU model-scale fire tests performed by Li and Inga-
son [11] in Figure 7. Current computational results match the
experimental results from the SWJTU fire tests, which validates
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the methodology used in this study.

Figure 7. The flame angle and ventilation velocity, computa-
tional results plotted with SWJTU tests.

CONCLUSION
The Eddy Dissipation Model and Species Transport Equa-

tions, have been formulated as a combustion model for the
RANS simulations and implemented in ANSYS Fluent. The
model has been applied for the turbulent propane/air combustion
of large fires under high longitudinal ventilation velocities. The
reacting flow model validates well for small fires, and shows that
it would be appropriate to use as a method for simulating large
fires, and it is reasonably accurate even at the near-field region
of the fire source.
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A NUMERICAL STUDY ON THE EFFECT OF INLET DUCTING ONTO AIR 

HANDLING UNIT AIRFLOW 

ABSTRACT 
Consideration of energy consumption and its impact on the 

environment has been driving the heating, ventilating, and air 

conditioning (HVAC) industry to develop and test high-

efficiency air conditioning units. The Air Handling Unit (AHU) 

is a crucial HVAC system component that has undergone 

substantial improvements, including increased coil surface area 

and overall size. Certification of AHU model’s performance 

requires energy performance testing and rating standards 

currently guided by ASHRAE Standard 37 (ASHRAE, 2009, 

reaffirmed in 2019). That standard provides a guideline on the 

standard inlet duct length for testing the AHU unit, which has a 

linear correlation to the AHU size. Testing a vertical type of 

AHU with a bigger size can lead to a problem since there is a 

limitation on the testing room’s height. There is a need to use a 

shorter inlet plenum that produces a similar result to the 

standard length to overcome the oversized problem. This study 

uses computational fluid dynamics to examine the effect of 

inlet ducting variation in velocity and pressure distribution. 

There are three shorter duct configurations (D8, D4, and D0) 

and three alternative inlet duct configurations (Alt 1, Alt 2, and 

Alt 3) compared to the base case that uses the standard duct 

length. The unit used as the model is a vertical push-through 3-

TR AHU with a 637 l//s (1350 cfm) air flowrate previously 

tested at Oklahoma State University as part of  ASHRAE 

Research Project RP-1743. The simulation result shows that the 

shorter duct cases (D8 and D4) have similar results. The no-

duct (D0) case shows a similar trend to D8 and D4 cases and a 

significant velocity fluctuation visible caused by the damper. 

The next project can use a different type of AHU and a similar 

approach for duct length subtraction to validate whether this 

approach can be used or not as a general approach. An 

experimental approach is also needed to determine whether the 

velocity and pressure distribution affect the AHU performance, 

especially fan power.   

INTRODUCTION 
The building sector contributes around 40% of global 

energy consumption. Global final energy consumption in 

buildings increased by more than 5% between 2010 and 2017, 

as energy efficiency gains were outpaced by continued growth 

in the building sector size and resulting energy service demands 

[1]. With global warming, climate change, and limited reserves 

of fossil energy, reducing the building’s energy consumption 

can significantly impact the building. One way to reduce 

energy use in the building sector is by using energy-efficient 

equipment within buildings, focusing on heating, ventilating, 

and air conditioning (HVAC) equipment since they consume a 

significant amount of energy in a building. This effort is 

supported by various governmental regulations, standards, and 

energy rating certifications that set minimum HVAC systems’ 

efficiency standards. 

Unitary air conditioning systems are widely used in the 

building sector, especially in the US. Because it is widely used 

as the primary air conditioning system, there must be an effort 

to increase its efficiency, and one of the ways is to increase the 

size of the coil and increase the unit’s size. A subset of all 

unitary air conditioning unit must be rated and tested according 

to a standard procedure to determine the efficiency and 

performance. 

The American Society of Heating, Refrigerating and Air 

Conditioning Engineers (ASHRAE) describes the procedures to 

test the unitary air conditioning in ASHRAE Standard 37 [2] 

Methods of Testing for Rating Electrically Driven Unitary Air 

Conditioning and Heat Pump Equipment. This standard is 

widely used by manufacturers and testing facilities for testing 

unitary air conditioning equipment. Another standard for 

testing unitary air conditioning units is AHRI Standard 240 - 

2017 [3] and ISO 15042 [4]. 

ASHRAE Standard 37 requires attaching a short plenum 

chamber to the discharge side of the tested equipment for 

external static pressure measurements. Additional inlet ducting 

is not strictly required at the equipment’s inlet side if the test 

room space is unavailable. However, recent regulatory changes 

in the US led to the requirement specified in DOE (2017) of an 

inlet plenum with specific length requirements. DOE (2017) 

also requires adding a mechanical damper at the inlet of the 

inlet plenum for cyclic testing [6]. 

The potential problem for the rating of a vertical unit is that 

adding this duct to the unit may result in an overall test 

apparatus height exceeding psychrometric test-room 

dimensions [7]. Height limitation may lead the manufacturer 

and third-party testing facilities to not fully follow the standard, 

reducing the reliability of test facilities results [6]. 

ASHRAE research project RP-1581 investigated reducing 

the height of the outlet chamber plenum to address this issue. 

One of their proposed solutions was to create a horizontal test 

section by adding an elbow placed after the unit, and the static 

pressure can be measured in that section. With this solution, the 

additional height required for ducting downstream of the unit 

can be reduced up to 64% for the tested unit [7]. 

ASHRAE research project RP-1743 addresses an inlet duct 

revision for testing the residential size air handling units (AHU) 

and AHU with the integrated furnace (AHUF) for the US and 

international market. In that project, the fan performance is 

evaluated at different inlet plenum setup. The first publication 

from this paper [8] concludes that fan performance does not 

have an explicit dependency on x-velocity (inside the ducting), 

uniformity and symmetry and potentially is affected by other 

factors.  

Another article [9] of ASHRAE research project RP-1743 is 

a continuation of the previous work. In this article, the 3-ton 

ECM fan performance is evaluated on various inlet plenum 

setup, including inlet duct length, floor distance, the effect of 
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side flow, damper orientation, and the use of two alternative 

types of ductworks. The 32 in duct length case is again set as 

the reference case. With a 5% power difference over the base 

case as the acceptable limit, alternative ductworks are the only 

acceptable configurations. Two alternative ductworks resulted 

in fan power within 2% to 3% of the reference case. 

Moreover, ASHRAE research project RP-1743 also 

included studying flow behavior at the inlet plenum using 

computational fluid dynamics (CFD). The CFD study [11] then 

simulates different cases with different vertical clearances from 

the inlet duct and the floor below. The result is that velocity 

magnitudes show increasing trends with reducing clearance, 

greater total pressure drops in the duct, and oscillatory pressure 

fluctuations for very small clearances between duct opening 

and floor. A limitation of that paper is that the damper 

geometry is not included. On the research committee meeting at 

ASHRAE TC-8.11, the report states that the CFD study 

includes the damper’s geometry and the air sampler. The study 

compares the velocity profile inside the ducting with and 

without the side flow from the surrounding. The conclusions 

are the side flow perturbs velocity magnitudes in flow direction 

and increases the separation zone within the duct side facing 

the inlet. CFD study was conducted to compare floor distance's 

effect on airflow. The result indicates that the air velocity 1 m 

downstream the opening is well distributed for all cases, which 

shows that the floor distance doesn’t significantly affect the 

airflow [12].  

In this project, we will use CFD simulations on the AHU, 

including the geometry of the air sampler, damper, ducting, and 

up to the fan’s casing geometry to identify their effect on the 

flow profile at the fan’s intakes. The geometry used in this 

simulation is identical to the first tested unit at Oklahoma State 

University as part of  ASHRAE Research Project RP-1743 

[8][17][18][19].  

 

METHODOLOGY 

 

FIGURE 1. Parts of geometry on the simulation. 

 

Figure 1 shows the 3-D drawing of the unit set up with a 

short ducting length. The fan’s casing geometry used for all 

considered cases. The inlet plenum is an independent variable 

that we investigate in various simulation cases and parameters: 

a.) varied the ducting length, b.) vary the inlet plenum 

geometry. The analysis will focus on the inlet region up to the 

ducting end before the fan’s casing geometry. 

 

There are three different approaches to predicting turbulent 

flows: Direct Numerical Simulation (DNS), Large-eddy 

simulation (LES), and Reynolds-averaged Navier-Stokes 

(RANS) equation simulation with turbulence model. Among 

those three, the RANS equation needs the least computing time 

[20], and we used it for this study. Some numerical airflow 

analyses also use RANS for the simulation [21][22][23][24].  

Eddy viscosity is one of the RANS turbulence model 

categories. Eddy viscosity is classified based on the number of 

equations used. In this paper, we used the two equations  

model for the simulation. 

The RANS - approach calculates statistically averaged (e.g., 

Reynolds-averaged) variables for both steady-state and 

dynamic flows and simulates the turbulence fluctuation effect 

on the mean airflow using different turbulence models. The 

 model (Launder and Spalding 1974), has been adopted 

for indoor air modeling. Despite the challenges associated with 

turbulence modeling, the RANS approach has become very 

popular in modeling airflows in enclosed environments due to 

its significantly smaller requirements of computer resources 

and user skills as compared to LES or DNS. 

The  model family is the most popular turbulence 

model and has the largest number of variants. The “standard” 

 model developed by  Launder and Spalding (1974) is one 

of the most prevalent models for indoor airflow simulation due 

to its simple format, robust performance, and wide validations.  

 

The turbulent eddy viscosity, is calculated in the  

model as  

, (1) 

 

with the  equation defined as 

, (2) 

 

and the  equation defined as 

 

 

where k is the turbulence kinetic energy,  is the dissipation 

rate of turbulence energy and  is an empirical 

constant. 
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FIGURE 2. Overall schematic, including computational domain around the unit (base case). 

 

In this simulation, we also include a computational domain 

or ‘enclosure’ surrounding the unit geometry to provide near-

free field conditions. Figure 2 shows the 2-D schematic picture 

of the geometry and the enclosure. The enclosure side surface 

distance is 1 m (40 in) from the unit’s wall surface, the upper 

enclosure surface is right on the top of the unit’s surface, and 

the bottom surface is 0.35 m (13.5 in) from the base case’s 

(ducting length 0.8 m (32 in)) damper or indicate as floor 

distance.  

To make it clear, we define the terminology related to the 

geometry used in this paper. The term “Unit” stands for the 

assembly’s geometry, including the fan, ducting, damper, and 

air sampler, while the enclosure stands for the surrounding 

surface around the unit. The inlet plenum stands for the unit’s 

geometry, excluding the fan. The unit dimension is 0.61 m (24 

in.) width and 0.48 (19 in.) depth. The fan section height is 0.52 

m (21 in), the damper is 0.1 m (4 in), and the air sampler is 0.1 

m (4 in).  

The fan geometry consists of the fan and the box 

surrounding it from the side. The fan has a ‘squirrel-cage wheel 

type where the air goes in from the axial direction, then goes 

out in the radial direction by the centrifugal force. The inner 

diameter is 0.26 m (10.62 in), and the outer diameter is 0.43 m 

(17 in). This paper only built the fan’s outer structure with two 

identical inlets that will affect the airflow that goes around it 

since our focus is on the airflow that goes into the fan. 

Figure 3 shows the employed boundary conditions. The 

enclosure side and top surfaces are defined as opening, and the 

floor is defined as a wall. Thus, all of the unit’s surface areas 

are walls except for the outlet geometry surface defined as an 

outlet. 

TABLE 1 Physical Boundary Condition settings 

Opening domain   

  Relative pressure 0 Pa 

  Flow direction Normal to the 

boundary condition 

Outlet   

  Mass and momentum option Mass flow rate 

  Mass flow rate 0.764 kg/s 

Wall   

  Mass and momentum option No-Slip wall 

  Wall Roughness Smooth wall 

Fluid domain  

  Material Air ideal gas 

  Morphology Continuous Fluid 

  Reference pressure 1 atm 

  Buoyant  Yes 

  Gravity Z -9.8 m/s2 

  Buoyant Reference Density 1.2 kg/m3 

  Heat Transfer Option Isothermal 

  Fluid temperature 25°C 

  Turbulence Model  K-epsilon 

Table 1 shows the physical boundary conditions. The mass 

flow rate number stated in the table corresponds to an air 

volume flow rate of 212 L/s/ton (450 cfm/ton); for the 3-ton 

unit under consideration, it is 637 L/s (1350 cfm).  

 

 

 
(b) Front view 

 
(b) Side view 
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(a) Front view 

 
(b) Side view 

 

 
FIGURE 3 Physical Boundary Condition position (a) front view and (b) side view 

 

Table 2 shows an overview of the employed geometries. 

The base case’s duct length follows the requirements of 

ASHRAE Standard 37. To produce shorter inlet plenum 

dimensions, we use two different approaches: 1.) vary the inlet 

duct length and 2.) change the inlet plenum geometry. Besides 

the total inlet plenum length, we also vary the floor distance 

(distance between the unit and the floor) to produce a shorter 

enclosure height on the base case’s geometry. 

 

TABLE 2 Simulation Matrix 

 

Shorter Inlet 

Plenum 

Duct Length 

Variation 
ID 

Geometry 

Reduction 

no duct D0 76% 

0.1 m (4 in) duct D4 67% 

0.2 m (8 in) duct D8 57% 

Base Case 

Dimension 

0.81 m (32 in) Duct + 0.15 m (6 in) damper + 

0.1 m (4 in) air sampler 

0.34 m (13.5 in) Floor Distance 

 

The geometry reduction percentage compares the unit’s 

height reduction and the unit base case’s height. The enclosure 

reduction percentage compares the enclosure’s height reduction 

and the base case’s enclosure height. The enclosure size is still 

the same as the one used on the base case.  

We use three alternative shorter duct lengths to determine 

its effect on the velocity profile compared to the base case. 

Figure 4 shows the geometry comparison on different duct 

length configurations. All cases use the same damper and air 

sampler. The floor distance varies since the enclosure size is 

similar in all cases, where shorter inlet ducts increase the floor 

distance. 

 

FIGURE 4 Geometry comparison on inlet duct length variation 

RESULTS AND DISCUSSIONS 
The alternative shorter ducting length used in this research 

is 25%, 12,5%, and 0% of the base case duct length. Comparing 

the air stream behavior inside the unit regarding velocity and 

pressure from several section planes will be the focus points of 

this research. We first compare the air behavior in terms of air 

velocity from the XZ section plane at Y=0, shows in Figure 5. 
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FIGURE 5 Velocity vector on XZ section plane at Y=0  

 

The air stream is indicated as a colored vector where the 

vector’s color and intensity indicate the velocity magnitude. 

There is also an air sampler, damper, and fan’s case, as a solid 

geometry shows on the figure. Air entering the unit mainly 

from the gap between the air sampler and the wall in a diagonal 

direction, except in the D0 case where there is no mainstream 

visible. D32, D8, and D4 cases have a reversed flow region on 

the sidewall as the mainstream is curved back to the sidewall. 

Shorter duct length has smaller stream curvature and a smaller 

reversed flow region. Below the fan’s case geometry, a 

reversed flow region is visible except in the base case where the 

air stream is curved following the geometry profile. We also 

compare the velocity vector from the YZ section plane at X=0 

shows in figure 6. 

 

FIGURE 6 Velocity vector on YZ section plane at X=0 

 

We can see that the airflow direction in all cases in this YZ 

section plane section is almost similar. The airstream enters the 

unit in the vertical direction and is affected by the air sampler’s 

geometry and the damper’s geometry. Grilles on the damper 

separate the inlet into seven columns or sections. We can see 

that the airflow is much smaller in the middle than in the other 

section due to the narrow distance between the air sampler 

geometry and the damper geometry blocking the air from 

flowing through space. And except for the D32 case, there is a 

reversed flow region in the middle below the fan’s case 

geometry right at the previous XZ plane section’s position. We 

can also see that the damper geometry also acts as a 

straightener that curved the air from a perpendicular direction 

on the side and minimizes the reversed flow region near the 

inlet wall. In YZ plane section where the damper affects the air 

stream, we can see that the air stream in all cases is similar, 

while in contrast, on the XZ section plane, where the damper is 

not affecting the airflow, the difference is quite visible. We also 

compare the velocity profile on the horizontal XY section plane 

at Z=0, shows in figure 7. 

 

FIGURE 7 Velocity distribution on horizontal reference plane 

(Z = 0 m) 

Figure 7 shows the velocity profile in terms of the color 

scale. Velocity magnitude is determined from the color, where 

the scale is shown on the figure’s side. Figure 13 shows that the 

main difference is the center’s velocity; there is a negative-

magnitude velocity region except for the base case. The 

previous airflow profile in the XZ and YZ plane section also 

confirms this difference from the reversed flow region below 

the fan’s case geometry. 

 

FIGURE 8 Static pressure distribution on horizontal reference 

plane (Z = 0 m) 

 

The figure above shows the static pressure distribution on 

the horizontal reference plane. We can notice that the pressure 

is higher in the center in all cases. There are two lower pressure 

regions on the base case on the upper center and bottom center 

wall, while on the other region, the pressure is higher and 

looked uniform. In D4 and D8 cases, besides the higher 

pressure on the center, the other region’s pressure magnitude is 

uniform; no significant pressure difference is noticed. In the D0 

case, several lower pressure regions exist on the side walls 
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beside the higher pressure on the center. This comparison 

shows that D4 and D8 cases have relatively good pressure 

distribution and the pressure average is still close to the 

reference. 

 

CONCLUSION 
We have performed the CFD simulation to learn the effect 

of inlet plenum variation on the airflow inside the ducting, 

including the velocity and pressure distribution. We use the 

base case as a reference, and the other cases are analyzed and 

compared to it. The analysis starts from comparing the velocity 

vector on the vertical section plane, velocity and pressure on 

the horizontal plane, and also compare the quantitative value on 

the horizontal plane. 

We can conclude that on the shorter duct, the effect of the 

close distance between the air sampler and the damper is 

significant to the air stream inside the plenum. It makes the 

center region downstream the damper’s geometry shortage of 

air supply and brings up the reversed flow. The shortage of air 

supply also happens on the base case since it used a similar 

setup, but the long ducting can eliminate that effect before 

reaching the horizontal plane used as the reference. There is 

also some reversed flow region on the wall when the air stream 

enters the unit, but the damper can reduce the wall’s reversed 

flow effect, as we can see on the YZ section plane. When the 

damper geometry is not affecting the air stream, the wall’s 

reversed flow is broader, as we can see on the XZ section 

plane. Besides that reversed flow region, D4 and D8 have 

approached the base case’s condition regarding velocity and 

pressure distribution. Even the D8 and D4 cases in the 

horizontal reference plane have a lower pressure range than the 

base case.  

For the next project, one can experiment with selected cases 

to determine the effect of various inlet plenum on the fan 

power. Then, the experiment result can confirm the justification 

made from the simulation, and one can predict the effect of 

various inlet plenum on the fan power through the simulation 

result.  
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ABSTRACT

The interest in using Two-Phase Loop Thermosyphons
(TPLT) for heat recovery and energy saving within different in-
dustrial processes has been in rise on the last few decades. These
devices are characterized by geometrical flexibility, as well as
enhanced heat exchange rates. However, TPLT operation in-
volves complex physical mechanisms, where different flow and
heat transfer regimes are encountered. These regimes are crucial
to be assessed and understood, in order to successfully predict
and optimize the TPLT operation.

In this paper, a comprehensive one-dimensional thermo-
hydraulic modelling approach is developed and presented in or-
der to simulate the TPLT operation. The novelty of this model
lies in the exhibition of the different experienced complex flow
patterns, heat transfer regimes and physical mechanisms, includ-
ing the dry-out prediction and reporting. This modelling frame-
work is based on the separated two-fluid model coupled with
mass, momentum and energy balances as well as relevant ther-
modynamic constraints. The obtained results are compared to the
available experimental measurements from literature, and a good
agreement is found with a maximum prediction error of 7%.

Furthermore, a sensitivity analysis is performed aiming to
determine the effect of the operating saturation temperature, and
therefore the filling ratio, on the average heat transfer coefficient
of the TPLT’s evaporator. Optimal values leading to enhance the
heat removal are proposed and discussed at the end of this paper.

Keywords: Two-phase loop thermosyphons, Two-phase
cooling, 1D thermo-hydraulic modelling, Critical heat flux

Introduction

The introduction of two-phase cooling technologies based on
latent heat removal is growing within different industrial pro-
cesses and engineering devices. This growth is propelled with the
increasing heat releases, exceeding by far the heat removal capa-
bilities of traditional single-phase cooling means [1]. Such high

NOMENCLATURE

Symbols
C f [-] Friction factor
Dh [m] Hydraulic diameter
G [kg/(m2·s)] Mass flux
0 h [W/(m2·K)] Heat transfer coefficient
i [J/kg] Enthalpy
L [m] Distance
ṁ [kg/s] Mass flow rate
p [Pa] Pressure
q” [W/m2] Heat flux
Re [-] Reynolds number
T [◦C] Temperature
x [-] Liquid-vapor mixture quality

Greek letters
α [-] Void fraction
θ [-] Angle from the horizontal
ρ [kg/m3] Density
φ2 [-] Two-phase multiplier

Acronyms

CFD Computational Fluid Dynamics
CHF Critical Heat Flux
CT Condenser Tube
DT Downcomer Tube
ET Evaporator Tube
FC Forced-Convection
FR Filling Ratio
ONB Onset of Nucleate Boiling
RT Rising Tube
SB Saturated Boiling
SNB Subcooled Nucleate Boiling
TLPT Two-Phase Loop Thermosyphon

heat releases can be dissipated using two-phase cooling, which
capitalizes both the latent and the sensible heats for heat removal.

To the family of two-phase cooling technologies belongs two-
phase thermosyphons, which are considered as one of the most
effective heat transport technologies. They are generally used
in applications where it is required to transfer large heat with
high efficiency, envisaging uniform temperatures. Due to their
geometrical flexibility and enhanced heat transport ability, ther-
mosyphons can be successfully used in small equipment as elec-
tronic components, up to large ones, such as nuclear power plants
and oil storage tanks. They are suitable for different industrial
applications, since they do not require porous media or a wicked
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Figure 1. Schematic of TPLT.

structure to operate as for heat pipes and vapor chambers, in ad-
dition to their ease of construct [2]. However, a thermosyphon
needs to be carefully designed with respect to each application,
in order to respect gravitational constraints (which is the driving
force of this device) as well as geometrical constrains of the rel-
ative positioning of the heat sources and heat sinks [2]. A typical
two-phase thermosyphon is composed by 3 main parts: an evap-
orator where heat is introduced, a condenser where heat is being
released and an adiabatic part. A special type of two-phase ther-
mosyphon devices is Two-Phase Loop Thermosyphons (TPLT).
They are different to the usual tube thermosyphons by indepen-
dent evaporators and condensers, connected to each other by adi-
abatic tubes as presented by Figure 1. This arrangement avoids
the dragging forces between liquid and vapor due to the coun-
tercurrent flow nature as in the case of tube thermosyphon [2].
These TPLTs are powerful heat transfer devices, because of their
geometrical arrangement allowing to transport heat along large
distances Moreover, gravity and buoyancy forces are the driving
forces for the TPLT’s working fluid, and if the TPLT’s condenser
is exposed to free-convection, the operation can be executed
without any external energy input, or with reduced amounts of
energy input in the case of Forced-Convection (FC).

Nevertheless, a TPLT needs to be very carefully designed de-
pending on the envisaged application, in order to find the optimal
cooling and heat transport operation. One of the major factors af-
fecting TPLT operation is the operating fluid saturation temper-
ature, which results from the TPLT’s Filling Ratio (FR). It was
reported by many investigators that the TPLT’s saturation tem-
perature and FR control the local dry-out and the heat transport
ability. A low filled TPLT with a low saturation temperature risks
to encounter faster the Critical Heat Flux (CHF), resulting in de-
creasing the heat transfer capacity [3]. Moreover, best TPLT ther-
mal performances were reported with moderate saturation tem-
peratures and FR [4].The majority of of the TPLT investigations
were based on experimental approaches as reported in [5], which
could not fully explain the effect of the operating saturation tem-
perature as well as geometrical and operating constraints on the
TPLT operation. This demonstrates that the modelling and pre-
diction of the TPLT operation under various conditions is of high
importance in order to optimize the heat removal task.

Many approaches can be used to model the TPLT opera-
tion, such as the equivalent thermal resistance circuit approach,
the one-dimensional thermo-hydraulic approach and the multi-
dimensional Computational Fluid Dynamics (CFD) approach.
An efficient and accurate model requires the combination of
the deep knowledge of the different underlying physics of the
TPLT, such as thermodynamics, thermo-hydraulics, multi-phase
flows and heat transfer. Despite its simplicity, the thermal re-
sistance approach is usually developed under several assump-
tions and simplifications, leading to the impossibility to employ
it outside the steady-state regime. In addition, it is unable to
capture with high accuracy the heat transfer and the involved
complex dynamics [2]. These limitations can be overcome by
employing a multi-dimensional CFD analysis. Though, CFD
models are usually very heavy, especially when phase-change
heat transfer is involved. Moreover, the use of CFD for op-
timization can be cumbersome and time consuming. Hence, a
one-dimensional thermo-hydraulic modelling framework can be
qualified as a promising approach to perform such tasks because
of its fast predictions, as well as the its possibility to incorporate
different complex physical mechanisms. However, such mod-
els should capture all the possible heat transfer and flow regimes
within a TPLT typical operation, with respecting the existing op-
erational, geometrical and thermodynamic constraints.

In this paper, a new one-dimensional thermo-hydraulic mod-
elling framework is proposed to predict a TPLT operation. The
developed model captures the essential flow and heat transfer
regimes in the different TPLT’s components with dry-out report-
ing, based on satisfying relevant mass, momentum and heat bal-
ances coupled with relevant thermodynamic constraints. The im-
proved separated two-fluid model is used to calculate the pres-
sure drop with all its contributions, i.e., frictional, gravitational
and acceleration, along all the TPLT’s components and this was
not limited only to the evaporator and condenser. This represents
an attempt to to propose a complete modelling framework for the
TPLT, which captures the operation’s underlying physics as soon
as they become relevant with the flow or heat transfer regime
change. The current model predictions are compared to the ex-
perimental measurements of [6] and to the CFD results of [5].
Finally, a sensitivity analysis of the effect of the TPLT’s satura-
tion temperature to quantify its effect on the average heat transfer
coefficient of the TPLT’s evaporator, and best values leading to
an optimal TPLT operation are highlighted and discussed.

Methodology

The TPLT model developed and presented in this paper is
based on a one-dimensional thermo-hydraulic analysis. It sat-
isfies the mass, momentum and energy balances, coupled with
thermodynamic constrains in the different TPLT components,
i.e., Evaporator Tube (ET), Rising Tube (RT), Condenser Tube
(CT) and Downcomer Tube (DT). The present modelling ap-
proach is based on the following assumptions: i- The TPLT oper-
ates at steady-state, ii- Constant heat is added to the TPLT via the
ET, and rejected through the CT, while the RT and DT are adia-
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Figure 2. The TPLT calculation scheme overview.

batic, iii- The pressure drop in the TPLT’s different components
is calculated based on separated two-phase flow model, assum-
ing that the liquid-vapor mixture quality increases or decreases
linearly with a constant heat input or output, respectively [7; 8],
and using the CISE correlation [9] to calculate the resultant void
fraction, iv- Liquid-vapor mixture is supposed to be saturated at
thermodynamic equilibrium, v- All properties are cross-sectional
averaged, and vi- All thermophysical and transport properties are
supposed to be constant along the TPLT, and evaluated based on
the calculated pressure and temperature at the ET’s inlet, except
for the vapor, which has temperature dependent properties.

The TPLT calculation scheme is summarized in Figure 2.
First, geometrical and operating inputs are given to the model,
in terms of the dimensions, working fluid and heat input. Then,
an initial guess is made for the mass flow rate ṁ, temperature Te,in
and quality xe,in at the ET’s inlet. Calculations are performed se-
quentially, starting from the ET to the FT, where at each compo-
nent’s inlet, results and properties are inherited from the previous
component’s outlet. When calculations are carried-out through
the different TPLT’s components, mass, momentum and energy
balances are checked. If they are satisfied then the code has con-
verged to an accepted solution, otherwise a new calculation iter-
ation is performed with new guesses for ṁ, Te,in and xe,in. When
an accepted solution is found, the FR of the TPLT is calculated
based on a mass balance. The proposed model searches for val-
ues for mass flow rate, temperature, mixture quality and FR that
would satisfy the balances and thermodynamic constrains.

Mass flow rate, temperature and mixture quality calculation:
The mass flow rate ṁ is determined based on a momentum bal-
ance along the TPLT. This balance proposes that the sum of the
friction and acceleration pressure drops, ∆p f and ∆pa, should
be equal to the available gravitational pressure head ∆pg (which
is the driving force behind the natural circulation of the flow in
the TPLT) [10]. Mathematically, ṁ should satisfy the following
equality:

N

∑
i
(∆p f ,i +∆pg,i +∆pa,i) = 0 (1)

where N denotes the number of different TPLT’s components.
The above equation is a formal way to predict the mass flow rate
for natural circulation in closed loops as proposed by [11]. A sign
convention needs to be respected here, consisting on ∆p f is al-
ways negative since it is based on friction resistive forces, ∆pg
is negative for rising components and positive for falling compo-
nents, and ∆pa is negative for accelerating flows and positive for
decelerating flows [10].

The temperature and mixture quality at the ET’s inlet are de-
termined based on energy balance between the ET and the CT.
Since the RT and DT are adiabatic, this balance simplifies to
Te,in = Tc,out and xe,in = xc,out , where Tc,out and xc,out are the flow
temperature and mixture quality at the CT’s outlet.

FR calculation: The FR is one of the most important parame-
ters affecting the TPLT operation as motivated in the introduction
of this paper. It decides the saturation pressure and temperature,
and the TPLT’s overall heat transfer rate. In this work, the satu-
ration pressure and temperature are design parameters, and they
are given as inputs to the code. After the code convergence to an
accepted solution, a mass balance determines the generated liq-
uid and vapor masses, and the the FR is determined by dividing
the obtained fluids mass by the maximum allowed mass in the
TPLT. The latter mass is calculated based on the operating fluid
density evaluated at the filling temperature.

Pressure drop: In this work, the pressure drop is calculated by
accounting all its 3 contributions: frictional −

(
d p
dz

)
f
, gravita-

tional −
(

d p
dz

)
g

and acceleration −
(

d p
dz

)
a

as:

−
(
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dz

)
tot

=−
(

d p
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)
f
−
(
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)
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−
(

d p
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)
a
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For a two-phase flow, the frictional pressure drop is calculated as
[7; 8]:

−
(

d p
dz

)
f
=−

(
d p
dz

)
f ,sp

φ
2 = 2

G2C f

ρDh
φ

2 (3)

with φ2 is the two-phase multiplier and −
(

d p
dz

)
f ,sp

is the liquid

or vapor single-phase frictional pressure drop, where G is the
flow mass flux, ρ is the density, Dh is the hydraulic diameter and
C f is the friction factor, which is given by:

C f =

{ 16
Re if Re ≤ 2000
0.079
Re0.25 else.

(4)

where Re is the flow Reynolds number. The two-phase multiplier
φ2 is calculated in this work following the Friedel correlation
[12]. The gravitational pressure drop can be calculated for a two-
phase flow as [7; 8]:

−
(

d p
dz

)
g
= (αρv +(1−α)ρl)gsinθ (5)

where α is the void fraction, the subscripts l and v denotes liquid
and vapor respectively, g is the gravitational acceleration and θ

is the flow angle from the horizontal. In the single-phase flow
regime, it is sufficient to set α = 0 for liquid flow and α = 1 for
vapor flow. In a two-phase flow with phase-change, the acceler-
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ation pressure drop can be written as [7; 8]:

−
(

d p
dz

)
a
= G2 d

dz

(
x2

αρv
+

(1− x)2

(1−α)ρl

)
(6)

where x is the liquid-vapor mixture quality. For an adiabatic
single-phase or two-phase flow, x, α and ρ are constant. More-
over, for a heated liquid single-phase flow, ρ variation is small
and can be neglected. Therefore, for the last two cases, the ac-
celeration pressure can be neglected, and it is accounted only
when there is phase-change or heated/cooled vapor flow.

ET model: With a constant heat input, the ET can subject
various flow regimes (single-phase liquid or vapor flow, and
two-phase liquid-vapor mixture flow) and heat transfer regimes
(Forced-Convection (FC), Subcooled Nucleate Boiling (SNB)
and Saturated Boiling (SB) regimes). The encountered regimes
depend on the heat input, operating mass flow rate, saturation
temperature and flow quality entering the ET at its inlet. There-
fore, different scenarios can be experienced here based on the
ET’s inlet status, and they are in terms of the single-phase and
two-phase lengths, Le,sp and Le,t p, compared to the ET’s total
length Le,tot . Assuming a constant heat input, the single-phase
and two-phase flow lengths can be calculated by performing an
energy balance. It simplifies as follows:

Le,sp =
ṁ(il,sat − iin)

q”
ePh,e

& Le,t p =
ṁ(iv,sat − iin)

q”
ePh,e

(7)

where il,sat and iv,sat are the liquid and vapor saturated enthalpies,
iin is the enthalpy of liquid or mixture at the ET’s inlet, q”

e is the
applied heat flux and Ph,e is the heated perimeter.

Depending on the nature of the flow and heat transfer expe-
rienced by the ET, different calculations are performed. For a
single-phase flow, a single-phase pressure drop and laminar or
turbulent FC heat transfer coefficient calculations are used. In
this regime, the flow temperature is determined based on a sim-
ple energy balance. For a two-phase flow, two-phase pressure
drop calculations are used, where the Onset of Nucleate Boiling
(ONB) condition is determined using the Rabhi et al. [1] corre-
lation to determine the transition between the FC and SNB heat
transfer regimes. In the SNB regime, the two-phase heat trans-
fer coefficient is calculated based on the Bergles and Rohsenow
[13] correlation. The flow transits to the SB regime at z = Le,sp,
where the mixture temperature is supposed to be equal to the sat-
uration temperature. The two-phase heat transfer coefficient is
calculated following the Chen [14] correlation here, and the dry-
out is reported when CHF is reached, calculated following the
Katto and Ohne [15] procedure.

CT model: The CT model used in this work mimics a coun-
tercurrent flow heat exchanger. Its operation depends on the re-
quired lengths to initiate condensation of a superheated vapor
flow Lc,ic and of saturated mixture full condensation Lc, f c. Based
on energy balances and the countercurrent flow heat exchanger
modelling theory that can be found with full details in [16], Lc,ic
and Lc, f c can be calculated as:

Lc,ic =
Qc

Pc,hU∆Tlog
& Lc, f c =

hcool +ht p

hcoolht p

ṁxc,inilv
Ph,c (Tsat −Tcool)

(8)

where Qc is the heat dissipated by the condenser, Pc,h is the
perimeter where heat dissipation occurs, U is the overall trans-
fer coefficient calculated based on countercurrent flow heat ex-
changer theory, ∆Tlog is the log mean temperature based on the
CT’s inlet temperature and the cooler side to the CT flow tem-
perature Tcool , hcool is the heat transfer coefficient of the cooler
side to the CT, ht p is a condensation two-phase heat transfer co-
efficient calculated based on the Ananiev et al. [17] correlation,
and Tsat is the saturation temperature.

Depending on the CT’s inlet quality, and Lc,ic and Lc, f c, differ-
ent scenarios are experienced similarly to the ET. The flow and
heat transfer regimes are determined based on the comparison
between Lc,ic and Lc, f c to the CT total length, and the pressure
drop and heat transfer are calculated based on the flow regime
as explained in the ET model. It is noted here that Qc is calcu-
lated based on countercurrent flow heat exchanger theory, and a
steady-state TPLT operation suggests that all the heat input to the
ET is totally rejected by the CT.

RT and DT model: The RT and DT flow regimes are inherited
from the ET and the CT respectively. If the inherited flow regime
is single-phase, then single-phase pressure drop calculations are
used, and if the inherited flow regime is two-phase, then two-
phase pressure drop calculations are performed, with a constant
quality and void fraction as calculated at the ET’s or CT’s outlets.
The RT and DT walls are assumed to be adiabatic. Therefore, no
heat transfer occurs here, and the flow temperature is assumed
to be constant along these components and equals to the flow
temperature calculated at the ET’s or CT’s outlets.

Validation Case Description

In order to validate the developed 1D thermo-hydraulic mod-
elling approach for the TPLT operation, simulations are carried
out to mimic Wei et al. [6] experiment. The code predictions are
compared to the experimental measurements from [6] and to the
CFD measurements of Wang et al. [5]. Wei et al. [6] experi-
mental measurements consist on the solid wall temperature of a
rectangular shaped TPLT. As sketched by Figure 1, the TPLT is
made by copper pipes, having 6 mm as internal diameter and 1
mm as thickness. The ET has a total length of 100 mm, where
a constant heat input of Qe = 195 W is applied. The RT length
is 200 mm in the vertical direction and 150 mm in the horizontal
direction, and it is insulated to reduce heat losses. The CT of
this TPLT consists on a countercurrent flow heat exchanger with
a total length of 250 mm in the vertical direction, and the DT
consists on an insulated tube of 50 mm in the vertical direction
and 150 mm in the horizontal direction. The total loop length
is 900 mm. The tested FR in this experiment is 95%, and water
is the working fluid, filled at atmospheric pressure. Concerning
Wang et al. [5] CFD measurements, simulations were carried
out using the same geometry and operating conditions as in [6].
The experimental and CFD measurements probes are located at
(starting from the ET’s inlet) T1@z1 = 40 mm, T 2@z2 = 100
mm, T3@z3 = 150 mm, T4@z4 = 230 mm, T5@z5 = 350 mm,
T6@z6 = 400 mm, T7@z7 = 800 mm and T8@z8 = 850 mm.
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Figure 3. Predicted solid wall and flow temperature temper-
atures along the TPLT compared to [6] experimental measure-
ments and to [5] CFD measurements.

Results and Discussions
The predicted solid wall and flow temperature along the TPLT

are presented in Figure 3. Along the ET, the predicted solid wall
temperature increases from 101.5◦C to stabilize at 112◦C. The
wall temperature slope in this section covers both, the single-
phase FC heat transfer regime, where the temperature increases
linearly from z = 0 mm to z = 10 mm, corresponding to the ONB
(TONB ≃ 106◦C). Beyond the ONB location, the wall temperature
curve starts to flatten because of the improved heat transfer co-
efficient corresponding to the SNB heat transfer regime. Along
the SNB, the solid wall temperature has a quasi-constant profile,
which is in agreement with the experimental observations [8; 7].
Across the ET, the predicted wall temperature has a maximum
deviation error of 7% compared to [6] measurements. Moreover,
the predicted wall temperature is in a very well agreement with
the CFD data of [5].

As mentioned previously, the RT and DT are insulated and
supposed to be adiabatic in this simulation framework. In addi-
tion, no conduction heat transfer model was implemented to cap-
ture the heat spreading along the solid wall polar axis. Therefore,
it is assumed that the solid wall temperature in these components
equals the flow temperature. As shown by Figure 3, a very good
agreement is obtained when comparing the predictions with [6]
measurements, with a maximum deviation error of 2%. Besides,
the predictions of the present model are clearly more accurate
than the CFD prediction of [5].

The predicted FR of the TPLT by the the developed model is
96.2%, compared to and FR of 95% in [6]. This corresponds to
an error of 1.6% in the FR prediction. For this case, the operating
mass flow rate calculated by the code is ṁ = 10−4 kg/s, allowing
the presence of the FC liquid single-phase flow, the SNB and the
SB two-phase mixture flow in the TPLT. As presented by Figure
3, the predicted flow temperature at the ET’s inlet and CT’s out-
let is Te,in = Tc,out = 60.1◦C and at the ET’s outlet and CT’s inlet
is Te,out = Tc,in = 100◦C. This corresponds to a maximum flow
temperature variation of 39.9◦C along the TPLT, with a maxi-

Figure 4. Average heat transfer coefficient of the ET as func-
tion of the operating saturation temperature.

mum predicted pressure drop of 3 kPa.

The sensitivity of the ET’s average heat transfer coefficient
to the operating fluid saturation temperature (and therefore to the
TPLT’s FR) is studied following a constant heat input of q”

e = 100
kW/m2 and water as working fluid. As presented by Figure 4,
the saturation temperature has a significant effect and the ET’s
average heat transfer coefficient, and therefore on the TPLT op-
eration. High heat transfer coefficients are observed for lower
saturation temperatures, and it decreases with increasing the sat-
uration temperature. Hence, a better TPLT operation corresponds
to a lower saturation temperature. This can be explained by the
fact that all the relevant heat transfer regimes (single-phase FC,
SNB and SB) are encountered by the ET with lower saturation
temperatures. Moreover, the two-phase SNB and SB regimes are
characterized by the highest local heat transfer coefficient val-
ues when compared to the those of single-phase FC regime. It
is shown here that the SNB and SB regime lengths increase with
decreasing the TPLT’s saturation temperature. This will result
on improved ET’s average heat transfer coefficient. A maximum
average heat transfer coefficient value of 5501 W/(m2·K) is ob-
tained for Tsat = 60◦C for the studied case, which corresponds to
the presence of all the heat transfer regimes in the ET. The aver-
age heat transfer coefficient decreases with increasing the satura-
tion temperature to reach a minimum value of 1677 W/(m2·K) for
Tsat = 175◦C. This performance decrease associated by the ET’s
average heat transfer coefficient decrease with increasing the sat-
uration temperature is explained by the fact the two-phase regime
lengths (SNB and SB) are shrinking with higher saturation tem-
peratures. The code predicts that the two-phase SB heat transfer
regime is suppresses for Tsat ≥ 115◦C and that the SNB regime
is suppressed for Tsat ≥ 175◦C, beyond, only the FC heat trans-
fer regime is encountered, which will result in low heat transfer
coefficient and bad performance for the TPLT. However, as pre-
sented by Figure 4, the CHF as reported by the one-dimensional
modelling framework is more likely to be present for low satu-
ration temperatures associated with low FR. As computed by the
code, the CHF is reported for saturation temperatures lower than
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60◦C. As CHF conditions should be excluded from a two-phase
cooling operation [7], a best operating saturation temperature for
the studied TPLT is 60◦C for a heat input of 100 kW/m2. This
will lead to obtain the highest average heat transfer coefficient in
the ET section, associated with the highest heat removal opera-
tion and the lowest solid wall temperature.

In the overall, the maximum prediction errors of the present
model are 7% for the wall temperature and 1.6% for the ini-
tial filling ratio. This proves that the developed numerical one-
dimensional framework to model a TPLT operation is valid, and
provides high accuracy results. The present model is able to
capture the important underlying complex flow and heat transfer
regimes involved in this operation, which qualifies it to perform
successfully optimization and design tasks as determined for the
optimal saturation temperature where the TLPT should operate
in the previous paragraph.

Conclusions
In this work, a one-dimensional modelling framework is pro-

posed to predict a TPLT heat removal operation. The pro-
posed model incorporates all the essential heat transfer and flow
regimes that can be encountered in a typical TPLT operation,
based on mass, momentum and energy balances coupled with
relevant thermodynamic constraints. The one-dimensional mod-
elling framework uses the separated two-fluid model to calculate
the pressure drop along the TPLT, by accounting all its 3 contri-
butions; frictional, gravitational and acceleration. Moreover, the
model is able to report the dry-out during the TLPT operation is
the CHF is reached.

The model predictions are compared to the available measure-
ments from literature, and a very good agreement is found with a
maximum prediction error of 7%. Moreover, a sensitivity analy-
sis is performed to determine the effect of the TPLT’s operating
saturation temperature on the ET’s average heat transfer coeffi-
cient. It was proved that lower saturation temperature will lead
to encounter a faster CHF, and higher saturation temperatures
will lead to decrease the average heat transfer coefficient of the
TPLT’s ET. It was determined that for the studied TPLT with wa-
ter as working fluid and a heat input of 100 kW/m2, the best op-
erating saturation temperature is 60◦C leading to the highest heat
transfer coefficient of 5501 W/(m2·K), with an operation outside
the CHF range.

The proposed model in this work provides high and accurate
predictions for a typical TPLT operation. The model success-
fully captures and identifies all the two-phase complex physical
features involved in the operation of the TPLT, as the flow pat-
terns and associated heat transfer regimes. This model represents
then a robust tool to optimize a TPLT, leading to high cooling and
heat transfer removal operation with optimal energy and material
consumption.
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ABSTRACT
Porous Metal Foam Heat Exchangers (PMFHE) are promis-

ing compact and efficient heat exchangers for a broad field of
applications ranging from the cooling of microelectronics to
biomedicine and chemical engineering. Their main advantages
reside in large exchange surface areas, light weights and high
heat transfer capabilities. With regard to the current develop-
ment of PMFHE, there is still room for the optimization of foam
structures to enhance the heat transfer and limit the pressure
loss. In this contribution, we present a novel and straightfor-
ward digital approach to design innovative porous structure by
means of Voronoi diagrams. The preprocessing of the result-
ing geometries allows for isolating their void fraction as a fluid
volume that may be subsequently used to run CFD calculations
(Computational Fluid Dynamics) leading to a full and detailed
virtual assessment of PMFHE. The second highlight of this re-
search is the demonstration of a manufactoring technology for
the preparation of copper foam heat exchangers directly from
the digital model. This technology combines state-of-the-art 3D
printing and novel copper casting techniques. Finally, the cop-
per foam heat exchangers have been successfully integrated in a
dedicated Two-Phase-Accumulator-Controlled-Loop systems (2-
PACL) using flow boiling carbon dioxide. We will report on
results of the full development chain and the validation of de-
signed foam structures using CFD. Finally we will present the
results of the heat transfer experiments compared to the numeri-
cally achieved results for one phase CO2 flows through the metal-
foam, which is based on the applied Virtual Material Framework.

INTRODUCTION
Bionics means to transfer shapes, structures, materials, etc.

from nature to technical applications. Among other things, cellu-
lar materials are of great interest for different physical processes
such as heat transfer, adsorption or for capillary liquid transport.
Very well-known models for cellular materials from nature are
e.g. zeolites, cellulose, sponges and bones etc. The reproduction
of cellular open- or closed-pore structures is equivalent to a re-
construction. The result of this reconstruction is a digital twin. In
connection with foam structures, metal foams have become es-

NOMENCLATURE

cp [ J
kgK ] Heat capacity

λ [ W
mK ] Thermal conductivity

ṁ [ kg
s ] Mass flow

ρ [ kg
m3 ] Density

Re [−] Reynolds number

p [bar] Pressure

Pr [−] Prandl number

q̇ [ W
m2 ] Specific heat flux

T [◦C] Temperature

tablished in technology, some of them are offered on the market
as standardized metal foam structures in the unit ppi (pores per
inch). This type of metal foam is discussed, among other things,
as a heat exchanger due to its large inner surface. Findings from
experimental and numerical investigations show that metal foams
are not automatically suitable as heat exchangers if, for example,
the web thicknesses are too thin [1; 5; 6]. Due to this restriction,
heat can only be insufficiently transferred into the fluid. A new
innovative approach is not to take the reconstruction route to de-
sign foam structures, but to design them purely digitally using
Voronoi algorithms in such a way that improved conditions can
be achieved for the physical process of heat transport. Fig. 1
shows digitally generated foamstructures [1].

In this context, we speak of a "free" design of a digital twin, its
verification by fluid-mechanical (fluid-structure-coupled) calcu-
lation and the production of the same using metal 3D printing or
an innovative casting process using the placeholder method. In
this paper we show the complete path of digital design, numer-
ical qualification, production of a placeholder foam for casting
and finally the installation of the produced metal foam sample in
a test rig. Based on experimental tests and extensive simulation
studies, it was possible to show for a digital design whether heat
transfer is suitable and the chosen candidate is accurate as heat
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Figure 1. Digitally generated cellular structures (thin, medium,
thick) and regular cellular structure (shifted grid)

exchanger. In addition to the porosity, the essential parameters of
the foam structure are the web thickness and thus indirectly also
the pore size. Based on the design of a digital twin of a foam
structure, the derivation of fluid mechanical models for qualifi-
cation through numerical calculation, through to the production
and the experimental validation, the possibilities of novel porous
metal foam heat exchangers are illustrated.

DIGITAL DESIGN AND MANUFACTORING
This section is dedicated to the basics of the Voronoi decom-

position and its application of Voronoi algorithms for the genera-
tion of cellular structures. Starting from the basics of the Voronoi
decomposition we will apply Voronoi’s algorithm to surfaces and
bodies, explain the individual parameters of this software tool
and conclude different designs for the generation of foam struc-
tures. A Voronoi decomposition is a decomposition of the n-
dimensional space Rn into domains that is defined by a given set
of points, usually n=2 (a 2-dimensional plane) or n=3 (the usual
3-dimensional space). An area is defined by exactly one point
from the point set (the center of the region) and consists of all
point tens of space that are closer to the center of the area than at
all other points of the point set. An area is also called the Voronoi
cell.

Figure 2. A Voronoi decomposition of the plane into 14 re-
gions (Voronoi cells)

An example of a plane with a set of 14 points is shown in fig.
2. One Voronoi cell is bounded by straight line segments whose
points are exactly the same distance to the center of the cell as
to any of the other centers. This straight- segments are there-

Figure 3. Delaunay triangulation associated with the Voronoi
decomposition (black)

fore parts of the perpendicular bisector on the connecting line
between two centers. Closely related to the Voronoi decompo-
sition is the Delaunay triangulation. The Delaunay triangulation
for the Voronoi decomposition can be seen in fig. 3. A Voronoi
decomposition is often also referred as a Dirichlet decomposition
or a Voronoi diagram and is named after the Russian mathemati-
cian Georgi Voronoi (1868-1908).

For numerical investigations, the initial distribution of the sub-
stances involved, called phases, in the simulation domain must be
clear. For this work, the open-pore structure represents the solid
phase and the substance in the complementary part of the do-
main represents the fluid phase. We have developed an algorithm
[2] for initializing the domain with open-pore geometries. For
this purpose, we decompose the simulation domain into small
cuboidal subdomains and assign each subdomain to one or the
other substance. The area size, the pore radius and the ligament
thickness are the input parameters. The result is a cuboidal digi-
tal representative of a section of a gas-filled open-pore foam with
periodic boundary conditions. Using this algorithm, we have cre-
ated three digital structures (see fig. 1) that underlie the numeri-
cal calculations and the experimental foam materials. The pores
of an open porous structure are indeed densely packed but ran-
domly distributed. [3] gives a good insight into the geometry of
open-pored solid foams using the example of aluminum foams
and polyurethane foams. Our simulation area is cuboidal and we
decompose it into small congruent sub-cuboids. Each sub-square
will later be assigned a number depending on whether it belongs
to solid phase or gas phase, e.g. 1 for solid and 0 for fluid. The
first step is to suitably distribute the imaginary spherical voids,
i.e. the pores, of the given radius in the domain and to store the
positions of their centers.

The first pore (we also call it ball) is randomly placed in the
area using a random generator. The second pore is also assigned
a random place. It is then moved in the direction of the vector
connecting the centers of the two spheres until the spheres touch.
The centers of the pores form a base of the Voronoi decompo-
sition of the simulation area. The Voronoi decomposition to a
point base is the subdivision of a space into polygons, each as-
sociated with a point of the base. A Voronoi polygon to a base
point consists of points that are closer to that base point to an-
other point on the base. A much more detailed description of the
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way to generate metalfoam structures digitally are explained in
[4]

Fig. 1 shows different foam structures with different pore
sizes compared to a regular celluar structure (at the right bottom
of fig. 1).

These digital cellular structures can further be used to generate
a computational model for numerical thermal and fluid dynamics
calculations. For this issue from the digital design the fluid space
need to be extracted by Boolean operations which is explained
lateron. Fig. 4 shows the digitally generated foam structure in-
tegrated into a solid frame and its inflow device which has been
designed by CAD.

Figure 4. Generated flow devices - Inlet and a foam structure
integrated into a frame

For experimental investigations it is needed to produce the
digitally generated foam strcture integrated into the frame as seen
in fig. 4 as a part made from copper. For this issue the digitally
generated structures have been printed out using a standard PLA
(Polylactic Acid) printer. These printed parts can be seen in fig. 5
at the bottom. These placeholders made from PLA are furtheron
embedded into a casting paste and then inserted into a casting
form. The casting form is lateron filled with melted copper. The
PLA material (foam structure) is burnt out so that the PLA struc-
ture is replaced by copper. The casting process is described in
detail in [4]. Fig. 5 shows the result of the casting process (parts
in the middle). The copper parts generated from a digital model
have been machined and polished to be able to integrate them
into the experimental setup. The inflow and outflow devices as
seen at the top of fig. 5 have been printed using a 3D-printer for
metal. As already explained the digital models have also been
used to build a CFD-model for numerical analysis. In the next
section the experimental set-up is shortly explained.

Figure 5. Manufactoring steps - from PLA placeholder models
(bottom) to copper parts as heat exchanger (middle)

EXPERIMENTAL SETUP AND LOADCASES
The manufactured copper foam heat exchangers have

been successfully integrated into a dedicated Two-Phase-
Accumulator-Controlled-Loop systems (2-PACL) using flow
boiling carbon dioxide. The experimental set-up is shown in
fig. 6 and the flowchart can be seen in fig. 8. For the vali-
dation of the numerical study CO2 is lead in a loop. Carbon
dioxide was chosen here because the experimental setup was de-
signed for two-phase flow experiments to analyze the enhance-
ment of heat transfer having bubbly-flow conditions [8; 9]. In
case of miniaturization of heat exchangers in the field of semid-
conductor developments space is limited and benath the geomet-
rical enhancements also two-phase heat transfer has to be taken
into account. Since CO2 becomes liquid when the pressure is
increased to p = 58 bar at an ambient temperature of T = 20◦C,
CO2 is the perfect candidate for this investigation.

In the context of this paper, only single-phase flows are
considered and numerically compared. With gear pump P01
(GATHER Industrie GmbH) the flow of the CO2 is set and
checked with Cori-Flow M14 sensor (Bronkhorst, FR 8). P01
pump the media through the W01, where the designed geometry
is placed with several electric heater (CER-1-01-00540, Watlow
Plasmatech GmbH). To seal the connection between the copper
geometry and steel flange a teflon seal is used along the edge of
the geometry, see fig. 7. The applied pressure was increased step
by step until the system was tight. In fig. 9 the mounting of one
eletric heater is shown. In order to achieve a good thermal bond,
the electrical heater was attached to the copper sample with ther-
mal paste. Before entering W01 the pressure of the CO2 as well
the temperature were measured. The temperature indicator and
recorder 10 to 13 (Type K, JUMO GmbH & Co. KG) are used
to measure the temperature near the surface of the foam struc-
ture. To measure the temperature change before CO2 is entering
and after it is leaving the copper foam sample a PT-100 sensor
was placed (Ahlborn Mess- und Regelungstechnik GmbH). In
addition the pressure loss has been recorded (differential pressure
gauge P3314, tecsis GmbH). Using the heat exchanger W02 CO2
is again cooled down within a water circuit to have always the
same inlet conditions for the CO2-flow through the metal foam.

Figure 6. 2-PACL experimetal set-up

To be able to understand the performance of the desigend
metal foam heat exchangers single phase CO2 experiments have
been performed in a first step. The CO2 has been pumped

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 89 of 1061



Figure 7. Mounting of the heater element with the telfon seals
between the steel flange

through the heat exchanger which has been embedded into the
loop to evaluated its performance under different operation con-
ditions. The frame in which the foam structure made from cop-
per has been integrated can be seen in fig. 7 on the right side.
The heating of the frame with metalfoam has been realized by
electrical heating elements which have been placed at the top of
the frame (one side heting). Table 1 shows the single phase ex-
periments performed. To enable single phase CO2-flow the inlet
pressure and temperature was adjusted. The heat released at the
top of the frame lead to a temperature increase of the frame and
the foam structure inside. At the same time heat is transferred
convectively from the inner wall of the frame and the outer sur-
face of the foam to the fluid. By measuring also the temperature
and pressure after CO2 has left the metal foam heat exchanger the
performance of the heat transfer process can be observed. In fig.
8 the process flow chart for the experimental set-up is presented.
Benath the single phase experiments also two-phase experiments
have been performed to analyze the heat transfer using the metal
foam heat exchanger generated originally in a digital way (only
the sample with a fine foam structure). Besides the experiments
performed numerical CFD-simulations using the same geometry
for the heat exchanger have been perfomed which are explained
in the next section.

Loadcase ṁ[ kg
s ] ·10−3 p[bar] Tinlet [

◦C] q̇[ W
m2 ] ·103

LC 1 6.54 58.21 12.99 492.04

LC 2 6.65 58.19 12.53 321.41

LC 3 6.68 58.19 12.15 182.28

LC 4 6.69 58.35 11.87 82.83

LC 5 4.50 56.92 12.75 489.80

LC 6 4.53 58.08 12.42 321.41

LC 7 4.55 57.90 12.08 182.28

LC 8 4.55 57.87 11.81 82.83

Table 1. Performed single phase experiments and the operation
conditions

Figure 8. Process flowchart of the experimental set-up CO2-
Loop shown in bold

Figure 9. Design of the heater elements (1) and their assembly
on the geometry with temperature sensors (2, 3)

CFD SETUP AND LOADCASES
From a digital design to build a CFD-model several process

steps are necesary. The triangulated structure of the foam ex-
tracted from the digital model (see fig. 1) need to be merged with
the frame designed. The resulted structure of foam and frame as
it can be seen in fig. 4 has to be retriangulated to insure an ac-
curate mesh quality for numerical simulations. The remeshed
structure is shown in fig. 10. The flow space of the fluid is
derived using Boolean Operations by substracting the structure
from a "fluid block". This flow space can be seen in the upper
left corner of fig. 11. As it can be seen from this figure the struc-
ture which is shown at the right side of fig. 11 need again to be
assembled together with the fluid space. As result of this combi-
nation a thermaly coupled flow device with integrated structure
for heat conduction and convective heat transfer from the inter-
face between fluid and structure can be modelled which allows a
fully Fluid-Structure-Interaction simulation. The inlet conditions
have been applied from the experimental measures. The same for
the heat load applied to the top of the frame of the sample. The
outer walls of the flanges are considered to be adiabatic and are
therefore not included in the computational model. The struc-
ture of the foam, however, is exactly the part digitally designed
and used to cast the probes. The interaction between fluid and
structure has been addressed by thermal interfaces. The entire
computational model can be seen in figure 11 at the bottom.

After the geometric description of the fluid domain and the
relevant structures is complete, interfaces are formed to link the
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Figure 10. Remeshed structure of foam and frame

fluid domain and the structure together. This Fluid-Structure-
Interaction (FSI) is essential for the consideration of the heat
transfer in CFD calculations. So heat applied at the top of the
frame leads to a temperaure increase inside the structure and the
temperature difference and the heat transfer coefficient lead to an
temperature increase of CO2. During heating the fluid properties
are changing with temperature. Table 2 demonstrates the change
of some fluid properties of CO2 depending on the temperature.

T [◦C] p[bar] ρ[ kg
m3 ] cp[

J
kgK ] Aggregate State

10 58.21 879.58 2730.57 liquid

20 58.21 776.69 4142.60 liquid

30 58.21 161.36 2276.70 vaporous

40 58.21 142.09 1751.15 vaporous

50 58.21 129.38 1520.28 vaporous

60 58.21 119.89 1389.64 vaporous

70 58.21 112.33 1306.28 vaporous

80 58.21 106.08 1249.17 vaporous

Table 2. Fluid properties for Carbon Dioxide for Load Case 1

Figure 11. Parts and the assembled computational model

To insure that the computational mesh represents accurately
the flow and structure domain for the thin parts of the foam like
the webs of it, the mesh at the interface between the flow and the

Figure 12. Cross-sectional images from the simutlations

structure need to be congruent, so that the approximation of the
heat transfer does not need any interpolation. Fig. 10 shows the
generated mesh for the structure domain.

After having accurately meshed the whole flow device (flow
domain of flanges and inside foam and structure) the set-up of
the computational model by defining the boundary conditions
according to table 1 for each load case and the fluid proper-
ties shown in table 2 the simulations have been performed. For
the fluid domain the mass-, momentum- and energy conserva-
tion equations are solved. For the structural region of the foam,
only the energy conservation equation is used. The load case per-
formed for the calculations are the same as in the experimental
tests used (see table 1). Therefore a comparison between experi-
mental and numerical results is possible. We have to remark that
the fluid properties like density ρ, thermal conductivity λ, and
heat capacity cp for carbon dioxide have been modelled using
a table for temperature dependent properties whereas the prop-
erties for any temperatures in the flow domain are interpolated
between the data points in the table. The metal foam, which
is made of copper, is assumed to have constant properties, the
change of those properties with the temperature has therefore
been neglected. The selected quantities for copper are density
ρ = 8960 kg

m3 , heat capacity cp = 381 J
kgK and thermal conductiv-

ity λ = 401 W
mK . The simulations have been performed with the

CFD-solver StarCCM+.

RESULT DISCUSSION
The figure 12 shows cross-sectional images of the results

achieved using the boundary conditions from loadcase 1. The
temperature distribution clearly shows that the heat flow is only
applied to the top of the frame where the heating element is in-
stalled. The heat is conducted along the copper structure in all
directions, so the heat is distributed quite well due to the excel-
lent heat conductivity of copper. It is interesting to see that the
fluid is heated only within a small thermal boundary layer. The
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foam structure is not heated much because the heat is convec-
tively released to the fluid already at the frame walls.

Loadcase Rein Prin Tout [
◦C] Exp. Tout [

◦C] CFD

LC 1 10796.81 2.60 16.69 16.55

LC 2 10855.72 2.52 15.08 14.91

LC 3 10816.26 2.46 13.66 13.55

LC 4 10760.96 2.42 12.62 12.53

LC 5 7423.37 2.61 16.32 17.82

LC 6 7379.14 2.54 15.60 15.87

LC 7 7359.01 2.49 14.28 14.11

LC 8 7329.75 2.44 12.89 12.77

Table 3. Outlet Temperature (Experiments and CFD Calcu-
tions), Reynolds- and Prandl number at the Inlet

In the case of the computed velocity distribution, it is easy to
observe quantitatively that locally high velocities occur. The rea-
son for that is that the metal foam decreases the flow area (poros-
ity), so that the velocity must increase. Also it has to mention
that for porous systems like metal foam we have a flow around
the webs and a flow through the device itsself. This is a kind
of accleration of the fluid locally and at the same time flow sep-
artion occurs. The velocity distribution after leaving the metal
foam is inhomogeneous because of the disturbances induced by
the webs of the foam.

The image at the bottom of fig. 12 shows the density distri-
bution in the device. The density range for plotting has been
limited to 850 kg

m3 to resolve the density distribution in the fluid
domain. As it can be seen the density is decreasing with in-
creasing temperature. In order to compare the numerical results
with those from the experiments, the outlet temperature is cho-
sen here. For the numerical calculations the outlet temperature
is averaged for the outlet area. In table 3 the respective outlet
temperatures and the Reynolds and Prandl number (at the inlet)
are listed. In order to evaluate inaccuracies and uncertainties in
the temperature measurements of the experiments, an error anal-
ysis was performed during the discussion of results and the most
reliable measurement results were selected [7]. Here it can be ob-
served that the outlet temperatures measured and computed are
very similar to each other and this indicates that the heat transfer
using metal foam as heat exchanger can be predicted quite well
by numerical simulations.

CONCLUSION
In short, this article describes the generation of digital twins

of porous media using Voronio algorithms, the innovative pro-
duction of metal foams using modern casting techniques and the
usage of printed digital twins as place holder for manufactoring

of the samples. It shows furthermore the succesful integration of
the produced samples into a test rig for single phase and many
other two-phase experiments (not shown in this paper). Single
phase experiments were carried out and also CFD models have
been set-up from the digital twins for post-simulations. The com-
parison of the achieved results from experiments and numerical
simulations shows that heat transfer in metal foam for CO2-flows
can be predicted well. Each of these topics are quite innovative
approches for further studies. This paper summarizes the cur-
rently available results. Further results are expected in the next
coming months, in particular experimental results for the two-
phase CO2 heat transfer. Additionally we will be able to present
some extensions to address two-phase heat transfer within an ex-
tended two-phase solver.
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ABSTRACT 
Organic Rankine cycles have the potential to be 

implemented at a micro-scale and to fulfil the technological gap 

that is preventing the retrofit of the wall-hang residential 

combi-boilers by cogeneration systems. Such ability requires 

the use of high-temperature combustion gases to vaporize the 

organic fluid and needs to deal with the risk of its thermal 

degradation. Limits to the fluid bulk temperatures are well 

known and easily controllable, nevertheless, the relevance of 

the thermal boundary layer and the temperature of the heat-

transfer surfaces over the thermal degradation must be 

considered and analyzed in depth because of the significant 

temperature differences between the combustion gases and the 

organic fluid. This paper presents a first insight into the study 

of the effect of the heat-transfer surfaces’ temperature in 

contact with the organic fluid over its chemical integrity. This 

is achieved by coupling a detailed comprehensive 

characterization of the system operating conditions, which 

comprise the determination of the heat-transfer surface 

temperatures in contact with the organic fluid, with the 

realization of dynamic thermal stress tests that include the 

experimental evaluation of the organic fluid thermal 

degradation. Operating conditions that lead to surface 

temperatures well above the threshold found in the literature are 

considered in this work. The absence of thermal degradation in 

that situation may be seen as an indication that i) the current 

threshold should not be used to impose upper bounds to the 

evaporator heat-transfer surface temperature and ii) the time 

(and not only the temperature) has a significant effect in the 

thermal degradation of the organic fluid in real systems. 

INTRODUCTION 
During the last decades, Organic Rankine Cycles (ORC) 

have been the technological choice of numerous large scale, 

low enthalpy, energy conversion systems [1]. Mainly due to its 

simplicity and reliability, ORCs are also being seen as having 

the potential to, when implemented at a micro (residential) 

scale, fulfil the technological gap that is preventing the retrofit 

of the wall-hang combi-boilers by cogeneration (CHP) systems 

[2,3]. Nevertheless, the challenges these systems face to find 

their way to market are still huge. Among the most difficult to 

overcome are the ones related to the demanding requirements 

imposed to size and response time.  

NOMENCLATURE 

[kPa] Partial pressure 

[%] Molar fraction 

[-] Variance 

[-] Half-amplitude of the PI 

[kPa] Full-scale range 

[ ] Temperature 

[-] Number of samples 

[kPa] Pressure 

[ ] Inverse of temperature 

[ ] Logarithm of pressure 

[%] PI confidence level 

Subscripts 

Non-condensable components 

Saturated vapour sate 

Saturated sate 

Working fluid 

The direct usage of high-temperature combustion gases for 

the vaporization of the organic fluid in compact heat 

exchangers (the ORC-evaporator) is presented as an advisable 

option [4]. However, such a design needs to overcome the risk 

of thermal degradation of the organic fluid. Nevertheless, 

instead of facing the problem through the evaluation of the real 

risk (and figuring out how to minimize it), the approach used in 

the development of the actual ORC based CHP systems avoids 

it resorting to the implementation of an intermediate energy 

transfer circuit between the heat source and the organic fluid 

[5]. This, of course, compromises the system’s response time 

and size and is possibly one of the reasons why a technological 

breakthrough with market consequences hasn’t occurred.  

The thermal degradation of organic working fluids has been 

identified during the 4th quarter of the last century as the cause 

of significant ORC performance losses and a source of 

important operation problems [6,7]. In fact, when subjected to 

high temperatures, the chemical integrity of the organic 

working fluid molecules may be lost giving origin to light, non-

condensable gaseous (low-carbon number), or to heavy, low 

condensing temperature (high-carbon number), compounds [8]. 

The former is responsible for, among other consequences, the 

increase of the condensing pressure and the arising of cavitation 

problems, while the latter is responsible for the increase of 

viscosity and the eventual formation of tar on the heat-transfer 

surfaces. In both cases, performance degradation and some 
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operational problems are expected. Safety problems may also 

possibly arise as the decomposition products may be corrosive 

or poisonous [9]. This process is affected by the temperature, 

time, pressure, presence of oxygen and/or contaminants and by 

the catalytic effect of some metals [8]. 

In the study of the conditions that lead to the thermal 

degradation of the organic working fluids, dynamic and static 

tests have been used. Even if they both conduct to the same 

general results, that means to the same rank of the fluids in 

what refers to their thermal resistance, the latter are considered 

to be more stressful while the former are seen closer to what 

happened in real energy transformation systems [8]. In an 

attempt to meet the conditions found in real systems, in the 

dynamic tests the organic working fluid is forced to loop in a 

circuit identical to the one of a Rankine cycle. The tests are 

carried out by fixing the working fluid maximum bulk 

temperature (measured at the exit of the heating section) and 

the pressure, and letting the circuit work for tens, or hundreds, 

of hours during which, periodically, working fluid samples are 

taken for analysis. One of the problems associated with the 

realization of this kind of test is its specificity since the results 

are known to be dependent on the time at which the fluid is 

maintained at a high temperature before being cooled down and 

this is a particular characteristic of each test rig [10]. Such 

specificity is probably one of the reasons why, nowadays, the 

static tests (which allow much reliable comparability) become 

the reference methodology when the thermal degradation of 

organic fluids is studied. In these types of tests, the organic 

fluid is isochorically heated to a predefined temperature and 

kept at that condition for a certain time, being the thermal 

degradation assessed through a sort of different techniques.  

Nevertheless, there is an essential feature of the dynamic 

tests (and of the real systems), almost always forgotten, whose 

role in the thermal degradation of the organic working fluids 

needs to be deepened and clarified. Such clarification, however, 

cannot be done only with the standard static or with dynamic 

tests, even if in this latter an approach as the one just mentioned 

(the development of time-temperature dependent analysis) is 

followed. It requires the realization of dynamic tests coupled 

with detailed numerical simulations of the vaporization process 

of the organic fluid. The mentioned feature is the temperature 

of the heat-transfer surfaces. The thermal powers involved in 

real micro-ORC systems are only possible, given the relatively 

small values of heat-transfer areas and coefficients, if 

significant temperature differences are observed between the 

heat-transfer surface and the flowing working fluid (this is 

especially true if the energy source is a hot gas stream). Two 

questions referring to the temperature of the heat-transfer 

surfaces then arise: i) what are their values? (knowing that it 

changes from point to point), and ii) what is its effect on the 

chemical integrity of the organic fluid?  

As for any surface, an experimental-based answer to the 

first question is not easy to achieve, but in this case, as it refers 

to an inner surface, this is particularly difficult. In these 

situations, the answer to the question needs to be obtained by 

resorting to the detailed modelling of the heat-transfer process 

as performed by Pereira et al [12]. One may think that, with the 

use of such models, it would be possible to establish limits to 

the operating conditions of the ORC, so that the temperatures of 

the heat-transfer surfaces with which the organic fluid is in 

contact will always be below the limit of the thermal 

degradation determined by static tests. Even if feasible, this 

approach may end up being very restrictive, eventually 

compromising the maximum temperature of the organic fluid 

and with consequences on the efficiency of the cycle. 

The answer to the second question is unknown. It may be 

conjectured that its effect on the chemical integrity of the 

working fluid molecules will depend on a series of factors such 

as the temperature and size of the heat-transfer surface and the 

thickness and temperature within the thermal boundary layer. 

Intending to demonstrate the possibility to use direct 

vaporization in micro-ORC systems, the objective of this paper 

is to give the first insight into the study of the effect of the 

temperature of the heat-transfer surfaces in contact with the 

organic fluid over its chemical integrity. This will be done by 

coupling a detailed comprehensive characterization of the 

system operating conditions, including the determination of the 

temperature of the heat-transfer surface, with the realization of, 

close-to-real endurance tests that include the experimental 

evaluation of the organic fluid thermal degradation. 

METHODOLOGY 
Taking a step further from the simple determination of the 

thermal degradation temperature and attempting to shed some 

light on the relevance of the thermal boundary layer on the 

thermal degradation process of the organic fluid, a combined 

experimental and modelling approach was depicted. It involves 

the experimental verification of the existence of thermal 

degradation using a pressure-based analytic technique for two 

sets of operating parameters. The technique selected involves 

the pressure measurements in two different moments: a) those 

made during the thermal stress tests and b) those made when 

the liquid and vapour phases of the organic fluid are in 

equilibrium (in absence of any stressing conditions). 
Considerations about the thermal degradation are made based, 

in the first case, on pressure deviations occurring during the 

stress tests; and in the second, on differences between the 

values measured before and after those stress tests. Regarding 

the sets of operating parameters, these were selected based on 

the evaporator heat-transfer model results [12], within the range 

of the experimental test rig allowable options, to lead to 

working conditions for which, when compared with the 

literature available values, the temperature of the heat-transfer 

surface of the evaporator in contact with the organic fluid is: i) 

not above that limit value allover its extension or ii) surpasses it 

along with an arbitrarily defined minimum evaporator heat-

transfer area value of 5 %. 

The experimental verification of the existence of thermal 

degradation involves an original combination of dynamic 

thermal stress tests with one of the analytic pressure-based 

characterization techniques. R245fa was the organic fluid 

selected for this study as it presents interesting performance 

figures for micro-power scales, it is widely used and it is well 

characterized [13,14]. Each thermal stress test has a total 

duration of 80 hours. 
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Experimental apparatus 

The experimental test rig used to perform the dynamic 

thermal stress tests pretends to emulate a residential-scale ORC 

based micro-CHP system in which the expander was replaced 

by a letdown valve. Within the scope of the realization of the 

thermal stress tests, special attention should be given to the 

ORC-evaporator because it is the element responsible for heat-

up, vaporize and overheat the organic fluid. In this case, such a 

process is made with high-temperature combustion gases. The 

ORC-evaporator comprises a gas-burner and two heat-

exchanger sections: the first (from the combustion gases flow 

path point of view) is used to complete the water heating 

process initiated in the ORC-condenser, and the second (usually 

identified as EHE) is used to perform the organic fluid heating 

and vaporization process. These two heating sections are 

organized in such a way that leads to a hybrid (top-bottoming) 

CHP configuration which advantages can be summarized as: i) 

reduces the organic fluid condensing temperature increasing the 

pressure ratio at the expander, and ii) reduces the combustion 

gases temperature before they reach the EHE, which can be a 

decisive factor to reduce the risk of thermal degradation of the 

organic fluid [15]. Besides the letdown valve and the 

evaporator, the test rig includes a rotary vane-type pump and, 

as a condenser, a brazed plate-type heat-exchanger. Copper 

tubes have been used to connect the different components of 

the test rig while stainless steel tubes were used in the 

manufacture of the EHE. The part of the letdown valve in 

contact with the organic fluid is made of stainless steel, and the 

pump and the condenser are made of brass. All the components 

and connecting tubes are thermally insulated. Details about the 

test rig (including instrumentation) may be found elsewhere 

[12] while a schematic diagram is presented in Figure 1.  
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 Figure 1 Schematic diagram of the experimental apparatus 

used in the organic fluid thermal degradation assessment. 

 

Test operating conditions 

The materialization of the experimental strategy depicted at 

the beginning of this section involves the realization of 

dynamic thermal stress tests for two different operating 

conditions that lead to situations at which the temperature of 

the EHE surface in contact with the organic fluid is: i) never 

above the thermal degradation value (sub-limit situation) and ii) 

clearly over it in a non-despicable extension of the heat-transfer 

surface (over-limit situation). Since the temperature of the 

internal surface of the EHE tubes is virtually impossible to 

measure, the only way to determine which are the operating 

conditions that will lead to the desired situations is by 

performing a detailed simulation of the thermal behaviour of 

the evaporator. For that purpose, the model developed by 

Pereira et al. [12] was used. 

Taking advantage of the work previously done [12], the first 

of the mentioned operating condition was similarly arranged to, 

there referred, test number #5 (organic fluid mass flow rate of 

0.083 kg/s and a gas-burner power of around 31 kW) which 

results in a bulk temperature of the organic fluid at the EHE 

exit of 75 ºC and pressure of 6 bar. Details about the (model 

calculated) temperatures of the combustion gases, the organic 

fluid, and the heat-transfer surfaces along the EHE are shown in 

Figure 2. The selected operating conditions led to a maximum 

internal heat-transfer surface temperature of 315 ºC which is 

slightly below the upper limit found in the literature for the 

R245fa thermal degradation temperature [16,17]. This 

temperature, predicted to be achieved only for less than half of 

the length of the last of the evaporator tubes, is a consequence 

of a dramatic decrease of the internal heat-transfer coefficient 

associated with the end of the phase-change process. It is worth 

mentioning that the decrease in the heat-transfer surface 

temperature observed for the 10th tube marks the beginning of 

the evaporation process and stems from the increase of the 

internal heat-transfer coefficient associated with that. This 

reduction, observed along a great part of the first level of the 

tubes, is due to the increase of the mass fraction of vapour of 

the organic fluid flow. The sudden variations of the tubes’ 

surface temperatures observed at each level transition are due to 

the significant variation of the combustion gas temperature. 

 

 
Figure 2 Combustion gases, organic fluid (bulk) and tubes’ 

internal and external surface temperatures along the EHE for 

the sub-limit situation. 
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For the definition of the second operating parameters, a set 

of model calculations was performed. Among them, the one 

corresponding to a mass flow rate of 0.077 kg/s and a burner 

power of about 31 kW was selected as it leads to the desired 

situation. The average working conditions are, at the evaporator 

exit, a bulk temperature of 108 ºC and a pressure of 12 bar. 

Details about the combustion gases temperatures, the organic 

fluid, and the heat-transfer surfaces along the EHE, resulting 

from model calculations, are shown in Figure 3. The selected 

operating parameters led to a maximum internal heat-transfer 

surface temperature of around 370 ºC, well above the upper 

value found in the literature for the R245fa for an approximated 

total length of one evaporator tube (corresponding to around 

7% of the total EHE heat-transfer area).  

 

 
Figure 3 Combustion gases, organic fluid (bulk) and tubes’ 

internal and external surface temperatures along the EHE for 

the over-limit situation. 

 

Thermal degradation detection technique 

In principle, the application of this method would only 

involve the measurement of the total pressure of the thermal 

stressed organic fluid for a situation in which its liquid and 

vapour phases are expected to be in equilibrium, and the 

comparison of that value with the one of the pure fluid for the 

same temperature. From a practical point of view, however, as 

contamination of the fluid may have occurred, due to, for 

example, the impossibility to achieve absolute vacuum in the 

container/ installation, it is necessary to measure the real 

organic fluid pressure before the realization of the thermal 

stress tests (in this condition designated as virgin). Usually, this 

is done for more than a temperature value. After the realization 

of the thermal stress tests, the container/installation is brought 

to each one of these temperatures and the pressure of the fluid 

(in this condition designated as stressed), measured again. The 

comparison of those two pressure values will be the basis to 

make considerations about the thermal degradation existence. 

In the case where, as in this work, the thermal stress tests 

are performed in a test rig that, when at rest, is in thermal 

equilibrium with the laboratory environment, it is difficult to 

control the temperature at which the referred pressure 

measurements are made. Moreover, due to the long duration of 

the tests (which may extend for days), the laboratory 

temperature may change non-despicably. This prevents a direct 

comparison between the pressure values measured for the 

virgin and stressed fluids as, most probably, they will be 

referred to different temperatures. If, as it is widely done for 

this kind of fluids [8,18], a linear relationship between the 

inverse of the absolute temperature and the natural logarithm of 

the pressure is determined by a free regression of y on x for the 

virgin fluid, as shown in equation (1), the pressure calculated 

with it could be compared with the one of the stressed fluid. 

However, when the range of temperature of the experimental 

points used in the determination of the referred equation is 

narrow, uncertainties in its slope (coefficient B) are high and 

significant errors may arise if extrapolations are necessary. For 

this reason, it may be preferable, assuming that the presence of 

the residual air ends up reflected in a pressure-upward shift of 

the 1/T-ln(p) relationship, to perform a constrained regression 

imposing for the B coefficient a value equal to the one 

determined for the pure fluid using data from the Refprop 

database [19], for a wide temperature range, and changing the 

A coefficient until the differences between this constrained and 

the experimental free regression are minimum. The constrained 

regression becomes then the reference and the differences 

between this and the experimental free regression may be seen 

in Figures 4 and 5 for the sub and over-limit operating 

situations, respectively. 

  (1) 

At this point, details about how, in practical terms, the (p,T) 

values used in the characterization of the virgin and stressed 

fluids are obtained, should be given. The pressure p is 

measured using the pressure transducer with the highest 

accuracy installed in the test rig. Contrary to what happened 

with the pressure, as all the temperature transducers 

(thermocouples) show the same accuracy error, the value 

retrieved by the one closer to the pressure transducer could be 

the one selected. However, as there isn’t any guarantee that this 

is the correct one (all the thermocouples may suffer from 

systematic error), it was decided to combine the value of the 

pressure with each one of the four available temperatures. In 

this way, for each measurement time instant, there are four 

(p,T) data points sharing the same p value. For each fluid 

condition, the data was collected for twenty-four hours so that 

overnight temperature variations of the laboratory environment 

could be captured, widening the experimental range of (p,T).  

The dispersion of the data gathered, a consequence of the 

conjugation of the sensors’ systematic and random errors, is 

one of the anticipated characteristics. This, certainly also 

observable for the thermal stressed fluid, implies the 

determination of a Prediction Interval (PI) to verify if a certain 

(p,T) data set is significantly different from the reference 

relationship. The PI estimates, with a certain confidence, the 

range within which a future individual experimental 

observation will fall, given what was already observed. If the 

overwhelming majority of the (p,T) experimental points of the 

stressed fluid fall within the PI, this will mean that there aren’t 

significant differences regarding the reference relationship and 

so no thermal degradation has occurred. The PI, for each value 

of x, is centred at the reference regression being its half-
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amplitude  calculated with equation (2) using the EXCEL™ 

function INV.T.2C which returns the two-tailed inverse 

Student's t-distribution. The limits of the PI are presented, for a 

prescribed confidence level of  = 95% and n = 17280 

experimental points, in Figure 4 and Figure 5 for the sub and 

over-limit situations, respectively. 

            (2) 

               (3) 

 and   (4) 

 

 
Figure 4 Experimental (p,T) data points of the virgin fluid and 

regressions for the virgin, pure (RefProp) and reference fluids 

together with the PI limits for the sub-limit situation. 

 

 
Figure 5 Experimental (p,T) data points of the virgin fluid and 

regressions for the virgin, pure (RefProp) and reference fluids 

together with the PI limits for the over-limit situation. 

 

If, in equation (4), the pressure sensor accuracy error 

(0.25%×FS) is replaced by the half-amplitude of the PI, 

approximately ±3 kPa for both (sub and over-limit) situations, 

the degradation products molar fraction ( ) will only be 

meaningful for values greater than 2% (20000 ppm), for a 

typical ambient- temperature of 25 ℃. 

EXPERIMENTAL RESULTS AND DISCUSSION 
For each of the experimental situations refers before, two 

types of experimental results will be shown: i) temperature and 

pressure time histories of the thermal stress tests and ii) (p,T) 

experimental data sets for the stressed fluid at the end of each 

20 hours test periods. The first will be used simply to make 

considerations about the system operating conditions' stability 

and about the match between those conditions and the ones 

used in the evaporator heat-transfer model calculations. The 

second will be used to assess the existence of the organic fluid 

thermal degradation. 

 

Thermal stress test stability 

Time histories of the pressure and temperature, both 

measured at the EHE exit, are shown together with their 

average values, the saturation temperature (determined for the 

average pressure) and those used in the evaporator heat-transfer 

model calculations, for the sub and over-limit situations, in 

Figure 5 and Figure 6, respectively. 

 

 
Figure 6 Temperature and pressure time histories of the 

thermal stress test with their average values together with the 

temperature and pressure used in the evaporator heat-transfer 

model for the sub-limit situation. 

 

 
Figure 7 Temperature and pressure time histories of the 

thermal stress test with their average values together with the 

temperature and pressure used in the evaporator heat-transfer 

model for the over-limit situation. 
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Throughout the tests, the average values of the temperature 

and pressure are kept constant and close enough to the ones 

used in the evaporator heat-transfer model calculations, so that 

considerations made regarding the thermal degradation of the 

organic fluid, based on the information resulting from those 

simulations (e.g., the temperature of heat transfer surfaces), are 

acceptable. The oscillations observed, in both experimental 

situations, are due to changes in the organic fluid temperature at 

the ORC-condenser exit caused by alterations in the cooling 

water mass flow rate arising from pressure variations of the 

building hydraulic grid (not controlled). 

 

Thermal degradation assessment 

The experimental (p,T) data sets at the end of each 20 hours 

test period are shown, together with the reference relationship 

and the PI limits, for the sub and over-limit situations in Figure 

7 and Figure 8, respectively. 

 

 
Figure 8 Experimental (p,T) data points measured after the 

thermal stress assessment moments together with the reference 

regression and the PI limits for the sub-limit situation. 

 

 
Figure 9 Experimental (p,T) data points measured after the 

thermal stress assessment moments together with the reference 

regression and the PI limits for the over-limit situation. 

 

 

It is clear for both situations and all the assessment 

moments that most of the data of each one of the experimental 

sets is within the PI limits (more than 99,9% of the points 

verify this condition). Therefore, it can be concluded that no 

degradation or, at least, no degradation with a magnitude 

detectable by this method, occurred. With due care, however, it 

may also be mentioned that it seems unjustified the idea of 

limiting the maximum temperature of the heat-transfer surfaces 

to the temperature value obtained from static stress tests since 

levels of degradation capable of raising eventual operating 

problems were not detected.  

Although known to be exponentially temperature-depend, 

and despite the elevated temperature value of the heat-transfer 

surface in contact with the organic fluid, these results are 

believed to be related to the time during which the fluid is kept 

in the thermal boundary layer adjacent to that surface, which is 

small enough not to give origin to a degradation capable of 

raising operating problems. This does not mean a downgrade of 

the importance of the role of the thermal boundary layer in the 

organic fluid thermal degradation process. That role is still (and 

needs) to be understood in-depth as it can affect the system 

design limits, which may end up resulting in poor performances 

(if reflected in the maximum bulk temperature of the fluid) or 

bigger heat-exchangers (if affecting the maximum temperature 

of the heat-transfer surface). Being time and temperature key 

factors affecting the thermal degradation of the organic fluid 

within the boundary layer, such clarification demands an 

especially depicted experimental plan centred on the 

establishment of correlations between those parameters and the 

amount of degradation of the fluid, and not just in the definition 

of limits to the operation of the system. Such an attempt, almost 

certainly, demands a higher sensitivity analytic technique. 

CONCLUSION  
The methodology developed to access the relevance of the 

heat-transfer surface temperatures over the thermal degradation 

of the organic fluid involved the coupling of a detailed 

comprehensive characterization of the system operating 

conditions (which includes model calculated values of that 

temperature) with the experimental evaluation of the thermal 

degradation. This evaluation was done recurring to an original 

combination of dynamic stress tests with the analytic pressure-

based characterization technique. 

Since in one of the two experimental conditions considered 

in this work the heat-transfer surface temperature of the EHE is 

well above the threshold found in the literature, the absence of 

thermal degradation in both of those situations may be seen as: 

i) a clear sign that the thresholds found in the literature should 

not be used to impose upper bounds to the evaporator heat-

transfer surface temperature and ii) an indication on the 

relevance of time (and not only temperature) in the thermal 

degradation of the organic fluid, reinforcing the literature 

review conclusions. The use of limits imposed on a time-

temperature indicator is envisaged to better capture the real risk 

of the organic fluid thermal degradation. Such an indicator 

should also be used to extrapolate the significant amount of 

data existing in the literature regarding the thermal degradation 

temperatures obtained with static stress tests to real conditions. 
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ABSTRACT 
As a dominant energy source in current electric vehicles 

(EVs), lithium-ion (Li-ion) battery is sensitive to its operating 
temperature and corresponding temperature gradients. In this 
article, a phase change material (PCM)-based battery thermal 
management (BTM) design with external fin structures is 
proposed. It takes advantage of PCM phase change heat 
transfer and air forced convection through fins for the cooling 
purpose. Battery discharging experiments with this BTM 
scheme were conducted at a moderate (25°C) and a high (40°C) 
room temperature. The results show that it can provide flexible 
and proper cooling means to regulate the battery thermal state 
at different room temperatures. The proposed BTM scheme is a 
simple and useful cooling solution for Li-ion battery working 
under different thermal circumstances. 

NOMENCLATURE 
Roman characters 
I [A] Current 
U [V] Voltage
T [°C] Temperature 
T [°C] Average temperature 
Ṫ [°C/min] Temperature rising rate 
∆T [°C] Temperature difference 
t [min] Time 

Subscripts 
0 Room 
i i=1~8 
max Maximum 
min Minimum 
d Discharge 

Acronyms 
EVs Electric vehicles 
BTM Battery thermal management 
PCM  Phase change material 
CS Cooling scheme 

Abbreviations 
Li-ion Lithium-ion 

INTRODUCTION 
Among various energy storage devices in electric vehicles 

(EVs), lithium-ion (Li-ion) battery has been mostly widely used 
due to its high energy density, low self-discharge rate, long 
cycle life, and to name a few [1]. However, its performance is 
of direct relevance to its thermal state. An improper operating 
temperature and significant temperature gradients can easily 
lead to degradation in the battery capacity and life cycle [2]. In 
particular, for Li-ion battery, a high operating temperature will 
increase the risk of thermal runaway or even explosion [3]. It is 
therefore required that the operating temperature of Li-ion 
batteries be 25−40°C, and the corresponding maximum 
temperature difference not be more than 5°C [4, 5]. 
Unfortunately, a high-temperature environment, such as that 
beyond 40°C, is commonly encountered in many EV 
applications (e.g., those driving in summer in tropic countries). 
Battery thermal management (BTM) system thus has become 
an essential for Li-ion batteries used in these EV scenarios.   

 A variety of BTM methods have been proposed for battery 
cooling, which roughly include air cooling [6, 7], liquid cooling 
[8, 9], heat pipe cooling [10-12] and phase change material 
(PCM) cooling [13, 14]. Air and liquid cooling are the two 
most used and well developed BTM approaches. The former 
has a simple system configuration and its operation is relatively 
economical [6, 7]. The key issue is that its heat transfer 
efficiency is relatively low, which has been overcome by the 
latter. Nevertheless, liquid cooling involves much more 
complex and heavier devices, and cannot fully circumvent the 
leakage problem, in particular after an extended operation 
period [14]. In comparison with air and liquid cooling, heat 
pipe cooling achieves a better cooling performance. Its current 
use is mainly limited by the high costs and complexity of its 
BTM system [1]. Different from these three cooling methods, 
PCM cooling is actually a passive approach−it does not 
consume energy and require extra components. By its phase 
change heat transfer, PCM absorbs or releases abundant latent 
heat at a nearly constant temperature [13]. This feature is 
favorable for maintaining the battery temperature in a desirable 
range and mitigating non-uniform temperature distributions in 
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battery cell. However, many PCMs have a low thermal 
conductivity. Their heat capacities are also capped by the 
limited volume of the battery system [15]. What’s worse, when 
the room temperature elevates to a large value, PCM will 
completely melt into liquid, and its poor heat conduction or 
natural convection will replace the phase change heat transfer 
[16]. This will exacerbate heat accumulation within the battery, 
if no other cooling means are introduced. 

To attack this drawback, a BTM scheme with external fin 
structures is proposed in this article. It makes use of PCM 
cooling and air forced convection through fins to dissipate 
battery heat at different room temperatures. A series of 
experiments are conducted to examine its cooling performance 
for Li-ion battery discharging at 25°C and 40°C. The effects of 
fin geometries on such battery cooling are also elaborated.  

EXPERIMENTAL SETUP AND DESIGNS 
Figure 1 schematically shows the experimental setup in this 

article, which consists of a thermostatic chamber, a 
rechargeable battery testing system, data logger and a computer. 
To be specific, a ternary Li-ion battery (Contemporary 
Amperex Technology Co., Limited, China, see its main 
parameters in Table 1), together with our BTM unit, is located 
in the chamber (Dongguan Haotian Test Equipment Company, 
China), which can maintain a constant room temperature 
ranging from −40 ± 2°C to 150 ± 2°C. The battery is charged or 
discharged by the rechargeable battery testing system 
(Guangzhou Blue-key Electronic Industry Company, China) at 
the given current (0.6 ± 0.05A−100 ± 0.1A for charging and 0.6 
± 0.05A−120 ± 0.12A for discharging) and voltage (0 ± 
0.015V−30 ± 0.03V). Its discharge voltage and capacity are 
recorded by the data logger and computer.  

 
Figure 1 The layout of the experimental setup 

 
Figure 2 The enlarged view of the proposed BTM unit in the 

chamber. 1: The ternary Li-ion battery; 2: External fins; 3: Fan; 
4. Acrylic shell filled by PCM 

Figure 2 further exhibits the details in the chamber. The 
battery is placed inside of an aluminum box. The gap between 
its surfaces and the outer acrylic shell is filled by the PCM. 
Four metal fins with rectangular cross-section are attached 
along the long edge of the box bottom. The rig also includes a 
centrifugal fan (with the maximum air flux 0.9 ± 0.027 m3/min) 
which will form an air flow along the fin surfaces when 
necessary.  

Table 1 Specifications of ternary lithium-ion battery 

Parameter Value 
Height 97 mm 
Width 148 mm 

Thickness 27 mm 
Nominal capacity 50 Ah 
Nominal voltage 3.7 V 

End-of-charge voltage 4.2 V 
End-of-discharge voltage 3 V 

 
In this work, the PCM in use is paraffin wax (HM-O30 

from Heatmate New Energy Technology (Shanghai) Co., Ltd, 
China) with a melting point at 30°C. Its other key thermal 
properties are summarized in Table 2. Considering its low 
thermal conductivity in the liquid state, our BTM design will 
unfold all metal fins at a high room temperature, and generate 
air forced convection through these fins to enhance the battery 
heat dissipation. It is worth mentioning that the fins in two 
different cross sections are also included in our experiments.  

Table 2 Properties of phase change material, HM-030 

Properties Value 
Phase change temperature 30°C 

Latent heat 232.79 kJ/kg 
Density (solid/liquid) 0.88/0.80 kg/L 

Specific heat (solid/liquid) 1.21/0.99 kJ/(kg·K) 
Thermal conductivity (solid/liquid) 0.21/0.22 W/(m·K) 

 
To measure and record the temperatures on the battery 

surfaces, 8 measurement points are selected as shown in Figure 
3. We allocated resistance temperature detectors (OMEGA, 
USA, -73 ± 0.3°C−200 ± 0.55°C) at these points and collected 
their signals by the data logger (DataTaker DT80, 
ThermoFisher, Australia).  
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Figure 3 The temperature measurement points on the battery 

surfaces 

In each test, we first charged the battery at a constant 
current i.e., I=10A (0.2C), until its voltage (U) reached 4.2V. 
The charge then changed to the constant voltage mode till the 
battery current fell below 2.5A (0.05C). The battery, together 
with the BTM unit, was then left in the chamber for a thermal 
equilibrium with the surroundings. This was followed by 
battery discharge at a current, 100A (2C). The temperatures at 
the eight points were recorded in all experiments, based on 
which the average temperatures on the battery surfaces, the 
rising rate of each temperature measurement, and the maximum 
differences were analyzed. 

UNCERTAINTY ANALYSIS 
As an experimental study, we conducted an uncertainty 

analysis on our results. Table 3 shows the key measurements 
and their uncertainties on the grounds of the aforementioned 
instrumental errors.  

Table 3 Uncertainties of the key measurements  

Room 
Temperature Measured Parameter Uncertainty 

25°C 

Discharging current ±0.11% 
Discharging voltage ±0.55% 

Battery surface 
temperature ±0.81% 

40°C 

Discharging current ±0.11% 
Discharging voltage ±0.55% 

Battery surface 
temperature ±0.59% 

Speed of air flows by fan ±4.76% 

In this study, these key measurements include the 
discharging current and voltage, battery surface temperature 
and speed of air flows by the fan. Here we point out that the 
uncertainty of the battery surface temperature in Table 3 only 
results from the instrumental errors of resistance temperature 
detectors and data logger. Its accuracy actually also depends on 
other measurements nonetheless. Therefore, through use of the 
method in Ref. [17] and all relevant measurements in Table 3, 
the overall uncertainty for the battery surface temperature is 
0.98% at T0=25°C and 4.83% at T0=40°C. 

RESULTS AND DISCUSSIONS 
      Two room temperatures, 25°C and 40°C, were selected to 
assess the cooling effectiveness of the proposed BTM design. 
In each case, different cooling schemes (CS) available in our 
design are employed and compared based on the thermal states 
of Li-ion battery. As showed in Figure 4, five CSs were 

employed in our experiments. For convenience, we represent 
each scheme by “CS-number”. For example, CS-0 refers to the 
case without any BTM aids. It will be used as a baseline in all 
testing conditions. CS-1 is pure PCM cooling at 25°C, 
primarily taking advantage of phase change of HM-O30. When 
the room temperature jumps to 40°C, cooling only by heat 
conduction of liquid HM-O30 is CS-2. CS-3 is the cooling 
scheme when air convection through external fins is added. 
Furthermore, we also introduce CS-4 at 40°C. Its testing 
conditions are the same as those of CS-3, except that the used 
fins have triangular cross-section.  

 
Figure 4 The five cooling schemes used in our experiments 

EXPERIMENTS AT A MODERATE ROOM 
TEMPERATURE 

We first conduct the experiments at the room temperature 
T0=25°C, where the HM-O30 is completely solid at the test 
onset. In these experiments, the phase change heat transfer has 
played a leading role in CS-1, in which all metal fins were 
folded up. 

 

 
Figure 5 The average temperatures with CS-0 and CS-1 for 

the battery discharge at T0=25°C 
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Figure 5 shows the evolution of the average temperatures 

(
8

1
8i

i
T T

=

= ∑ ) on the battery surfaces using CS-1 for the 

battery discharge at T0=25°C. The results with CS-0 are also 
presented for comparison. Apparently, the average 
temperatures throughout the whole discharging process have 
significantly dropped when CS-1 functioned. In particular, at 
the end of discharge, T  with CS-1 was just 39.3°C, smaller by 
9.3°C as compared to its counterpart with CS-0. Our 
experiments also show that with the aid of CS-1, all the 
temperatures measured at eight points were below 40°C. These 
results clearly indicate a large amount of battery heat has been 
well absorbed by the PCM phase change. Simply employing 
CS-1 can well regulate the battery thermal state in a favorable 
range when it operates at a moderate room temperature.  

 

 
Figure 6 The temperature rising rates with CS-0 and CS-1 

for the battery discharge at T0=25°C 

 
Figure 7 The maximum temperature differences with CS-0 

and CS-1 for the battery discharge at T0=25°C 

A further investigation on the rising rates at eight 
measuring points ( i dT T t= ) was conducted. The results with 
CS-0 and CS-1 are compared in Fig. 6. It is found that the 
temperature rising rates were between 0.8 and 0.9°C/min when 
no BTM aids were employed in CS-0. When the battery was 

protected by HM-O30 (i.e., CS-1), the values of these rising 
rates have reduced to 0.5-0.6°C/min. Meanwhile, the 
corresponding temperature distributions have also become 
more even. Figure 7 records the maximum temperature 
differences ( max ,max ,min= i iT T T∆ − ) with the two CSs during the 
battery discharging course. We see both maxT∆  have been 
capped below 5°C. In particular, when CS-1 was on, the peak 
value of maxT∆  decreased from 3°C to 2.1°C. 

EXPERIMENTS AT A HIGH ROOM TEMPERATURE  
The experiments at T0=25°C shows the cooling 

effectiveness of the proposed BTM design when it chose the 
pure PCM cooling as the main CS. Under this circumstance, the 
phase change heat transfer by HM-O30 has efficiently taken the 
battery heat away. Next, the application of the proposed BTM 
design to battery discharge at T0=40°C is undertaken. In this 
case, HM-O30 fully melts as liquid, and its heat conduction 
(N.B., natural convection is negligibly weak since the density 
of liquid HM-O30 is almost unchanged with its temperature 
variation) replaces its phase change as the primary heat transfer 
mechanism.  

 
Figure 8 The average temperatures with CS-0, CS-2 and CS-3 

for the battery discharge at T0=40°C 

Figure 8 shows the resulting average temperatures on the 
battery surfaces when the battery discharged without any BTM 
aids (CS-0), with pure PCM heat conduction (CS-2), and with 
PCM conduction+air convection through rectangular fins (CS-
3), respectively. It is seen that the average temperature has 
jumped to 60.8°C at the end of discharge when no BTM aids 
were offered (i.e., CS-0). This is serious thermal 
deterioration−the battery temperature has far exceeded the 
upper bound of the acceptable range. On the other hand, when 
the BTM unit was equipped with HM-O30, though it is liquid, 
the thermal state of battery was ameliorated. Still at the end of 
discharge, the corresponding average temperature with CS-2 
has reduced to 55.1°C. Here we have to admit heat conduction 
by pure liquid PCM is insufficient yet to cool down the battery 
in this scorching condition. Metal rectangular fins were thus 
expanded in the experiment using CS-3, and an air flow was 
generated by the fan. These treatments accelerated the battery 
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heat dissipation, leading to T being further dropped by 3.5°C in 
comparison to that with CS-2.  

As to the temperature rising rate, Fig. 9 compares its results 
at different measurement points using the three CSs. It is not 
surprising that the values of Ṫ with CS-0 are the highest, 
varying from 0.7 to 0.8°C/min. They have decreased to 0.5-
0.6°C/min in the case using CS-2, and further dropped to 
≈0.4°C/min when air convection through fins took effect. It is 
clear that the proposed BTM scheme have effectively mitigated 
the temperature rise at such a high room temperature. 

 
Figure 9 The temperature rising rates with CS-0, CS-2 and 

CS-3 for the battery discharge at T0=40°C 

 
Figure 10 The maximum temperature differences with CS-0, 

CS-2 and CS-3 for the battery discharge at T0=40°C 

The third thermal index is the maximum temperature 
differences. Fig 10 illustrates its variations with CS-0, CS-2 and 
CS-3 for the battery discharge at T0=40°C. Again, in our 
experiments, all the values of ∆Tmax were not beyond 5°C. To 
be specific, during the discharge the peak of ∆Tmax with CS-0 
was 3.3°C, and it was reduced to 2.8°C with CS-2, and 1.4°C 
with CS-3. We note that the maximum temperature differences 
with CS-2 actually grew during the discharge, especially in the 
last 5 minutes. This phenomenon is mainly attributed to heat 
conduction of liquid HM-O30 at a low thermal conductivity. In 
this scenario, the heat generated at the battery reaction sites 
could not be timely dissipated out. Its accumulation in turn 

elevated the local temperature and increased the temperature 
difference across the battery surfaces. Fortunately, this thermal 
deterioration has greatly improved with CS-3 through use of 
forced air convection on those extended metal fins.    

EFFECTS OF DIFFERENT FIN CROSS-SECTIONS 
In this article, we are also interested in the effects of fin 

geometries on the cooling performance of the proposed BTM 
design. To this end, rectangular and triangular fins were 
fabricated, and the discharging experiments at 40°C were 
repeated using CS-3 (rectangular fins) and CS-4 (triangular 
fins), respectively.   

 
Figure 11 The average temperatures with CS-3 and CS-4 

for the battery discharge at T0=40°C 

The obtained average temperatures using these two CSs 
with different fin cross sections are displayed in Fig.11. It is 
observed that the values of T with CS-4 are only slightly 
higher than those with CS-3 through the whole discharge. For 
example, at the end of discharge, 52 CT = °  with CS-4, just 
higher by 0.5°C than that with CS-3. The similar trend is also 
presented in the results of the temperature rising rate in Fig. 12. 
The value of Ṫ at different measurement points with CS-4 
fluctuated from 0.4 to 0.5°C/min. They are larger by 0.1°C/min 
at most than those with CS-3. 

 
Figure 12 The temperature rising rates with CS-3 and CS-4 

for the battery discharge at T0=40°C 
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In addition, Fig. 13 shows the maximum temperature 
difference in these two cases. Again, we see the results from 
both cases are very close with each other. During the discharge, 
the peak of ∆Tmax is 1.5°C with CS-4. Its counterpart with CS-3 
is 1.4°C. Based on the results in Figs. 10-12, we conclude that 
changing rectangular to triangular cross section does not bring 
about significant effects on the cooling performance of the 
proposed BTM scheme when it operates at high room 
temperatures. In future, we will conduct more detailed studies 
using fins in more different cross sections, heights and surface 
structures for BTM in a scorching environment.  

 
Figure 13 The maximum temperature differences with CS-

3 and CS-4 for the battery discharge at T0=40°C 

CONCLUSION  
PCM cooling has been recommended in recent BTM studies. 

However, both the solid and liquid states of many used PCMs 
have rather low thermal conductivities. In this article, a BTM 
scheme based on PCM-cooling is proposed. However, it 
introduces external fin structures and makes use of forced air 
convection, when the PCM phase change heat transfer is no 
longer available. A series of experiments at T0=25°C and 
T0=40°C were conducted. It is found that for Li-ion battery 
operating at a moderate temperature, the pure PCM cooling 
based on phase change can well regulate the battery 
temperature within an ideal range and result in small 
temperature differences. When the room temperature increased 
to a large value, air forced convection through metal fins 
provided a timely supplemental service for battery cooling. 
Moreover, we also show that rectangular and triangular fins do 
not bring substantial changes in the resulting BTM 
effectiveness.  In summary, our experimental results in this 
article validate the proposed BTM design is a simple and 
applicable cooling scheme for Li-ion battery operating at 
different room temperatures. Further refinement on the fin 
geometries and structures will be reported somewhere else. 
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ABSTRACT 
This work firstly deals with the validation of a mathematical 

model, developed by the authors based on the Constructal 

Theory, to study the functioning of axial compressors and 

evaluate the potential for reducing their energy consumption 

through thermal control by direct injection of liquid water. The 

results obtained when performing numerical analysis with the 

presented mathematical model agree well, in terms of cross-

sectional area variation, isentropic efficiency, maximum 

temperature and pressure, with the available data for the axial 

compressors of the following widely produced and "in-service" 

gas turbine engines: TV2-117, TV3-117, RU19A-300 and 

AI20. Data was gathered and interpreted for some widely 

produced "in-service" gas turbine engines using COMOTI's 

archive and Jane's Aero-engine renowned catalog. All these 

engines have single spool gas turbines generator with axial 

compressors having various numbers of stages giving various 

compression ratios. By considering the irreversible adiabatic 

operation, the maximum differences are between -4% and 5% 

for the ratios of the cross-sectional areas at the outlet and inlet 

of the compressors, between -5% and 10% for the isentropic 

efficiencies, between -2.27% and 0.68% and between -5.33% 

and 9.73% for the maximum outlet temperatures and for the 

maximum outlet pressures respectively. Once the mathematical 

model has been validated, when considering at the compressor 

inlet atmospheric air in the initial ISO reference state (15°C, 

101.3kPa, 60% relative humidity), the calculated numerical 

results show that, for compression ratios between 4.6 and 9.6, 

the thermal control by direct injection of liquid water could 

reduce up to 31.13% - 41.31% of the gas temperature at the end 

of the compression process. In addition, there is a potential to 

reduce energy consumption by up to 30.80% - 38.39%, but also 

a penalty in terms of the final pressure of the compressed gas 

whose value can decrease by up to 25.69% - 38.14%. A water 

consumption of up to 0.054 kg of liquid water per kilogram of 

dry air must also be taken into account. 

INTRODUCTION 
Due to certain advantages such as being clean, safe, non-

toxic and easy to store, the compressed air is generally used to 

power a wide variety of industrial equipment and tools to make 

them work or it is employed in various technological processes. 

Generally, the compression process only aims at increasing 

gas pressure, without requiring a simultaneous increase in 

temperature. Under these conditions the reduction of the 

mechanical work of compression can be achieved by reducing 

the average temperature and the gas dynamics losses. Although 

theoretically this desideratum is achieved by isothermal 

compression, in practice the nearness of this situation is 

achieved by cooling the compressor. 

Theoretical calculations [1] show that for compression 

ratios within the range 2 ÷ 8, the power required for adiabatic 

compression is 10% to 30% higher than for isothermal 

compression. 

NOMENCLATURE 
A [m2] Compressor cross-sectional area 
c [J/kg K] Specific heat 

h [J/kg] Specific enthalpy 

k [-] Adiabatic exponent 

m [kg/m3] Mass flow rate 

P [N/m2] Pressure 

Q [W] Heat transfer interaction

R [J/kg K] Constant of gas when considered perfect gas
s [J/kg K] Specific entropy

T [K] Temperature

W [W] Work transfer interaction

Special characters 

 Relative humidity 

 [-] Degree of decompression 

s,C [-] Isentropic efficiency of the compressor 

 [-] Specific humidity  

Subscripts 
a Air 

P Constant pressure 

* Reference (ISO) 

Also, for an energy storage system based on compressed air 

[2], the maximum isentropic efficiency for compressor or 

expander working modes is 39% and 32% respectively, water 

injection having a positive effect on the performances.  

Single-stage compression results in a limited amount of 

pressure, but this limitation can be overcome by using a multi-

stage compressor with intermediate cooling.  

The lower the pressure losses caused by cooling, the higher 

is the cooling efficiency. In this regard, the cooling through 

water mist injection, for stroke engines and gas turbines, could 

be a solution because it leads to increased efficiency and 

reduced emissions, at low cost. 
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Wilcox and Trout, in 1951, propose the injection of water at 

the inlet of the gas turbine (to reduce compressor power and 

increase shaft power) and Jones and Hawkins, in 1960, 

proposed the water injection into the compressor [3]. 

Although researches in the field of water injection have a 

long history, we are still trying to find new solutions that will 

bring us closer to isothermal compression. Thus, in order to 

increase the efficiency of compression and expansion, Van de 

Ven proposes the concept of a liquid piston [4], which 

maximizes the ratio of the surface area to the volume of the 

compression chamber and ensures an increase in compression 

efficiency from 70% to 83%, in comparison to a conventional 

reciprocating piston. 

Also, in order to obtain a quasi-isothermal compression, a 

new type of compressor called "isocompressor" is proposed, 

with controlled water injection, which allows a compression 

ratio of up to 1:30 in a single cylinder and temperatures of air 

up to 100 °C compared to the adiabatic temperature of approx. 

500 °C [5]. 

Melino [6], referring to wet compression in the gas turbine 

(both in the case of overspray, as well as in the case of 

intermediate cooling), considers that the factors contributing to 

the increase in power are the increase of the mass flow and the 

heat capacity of the fluid mixture flowing through the gas 

turbine. 

Through numerical modeling, White [7] shows that entropy 

production due to the irreversibility of phase changes is 

strongly dependent on droplet size. 

Hoffmann [8] shows that the increase of water quantity for 

fog cooling at compressor intake doesn't significantly influence 

NOx reduction (below 10%) but CO emissions increase. 

In the aviation field, Dagget [9] shows that fog water 

injection of 2.2% in mass at the low pressure compressor intake 

can lead to about 47% NOx emissions reduction. 

The study realized by Sexton [10] shows that injecting 

0.267 kg/s of water at the intake of a large marine gas turbine 

lead to about 33 ppm NOx emissions reduction. 

In this study the Constructal Theory is employed for better 

understanding and to make projections on possible trends of the 

future developments of the axial compressors in order to 

minimize the energy consumption. To foresee how such 

dynamic compressors would possible evolve technologically, a 

mathematical model has been developed assuming that their 

design”... provides easier access to the imposed currents that 

flow through it”. Numerical solution of this model provides 

information on the lowest theoretically possible energy 

consumption when liquid water is directly injected into the 

compressor during the compression process, causing the 

evaporative cooling of the gas for making the actual 

compression process as resembling as possible to an isothermal 

process. To guarantee the truthfulness of the results obtained by 

using the model presented in this work, the relative humidity of 

the compressed air and the entropy generation were evaluated 

continuously during the compression process. 

The approach presented here is dedicated to determining 

whether it is possible and how to effectively improve "in-

service" compressors performance, and may also shed some 

light on how to better design new equipment. 

AXIAL (DYNAMIC) COMPRESSORS FUNDAMENTALS 
Proper solution when high flow-rates and low compression 

rates are required is represented by the axial continuous flow 

compressors. The functioning of dynamic compressors is 

explained by the aerodynamic effects into a row blades 

ensemble especially designed for this purpose. Such 

equipments are made by multiple moving row blades called 

rotor, and by multiple stationary row blades called stators. The 

rotor receives the mechanical energy supplied by the shaft and 

transfers it as kinetic energy to the gas causing it to flow 

between the moving rows blades. In addition, at the output of 

each of the stators, as a consequence of the gas flow braking, 

the macroscopic kinetic energy of the gas is transferred to the 

microscopic level, where it contributes to the increase of the 

internal energy of the gas, causing the increase in temperature 

and the pressure of the gas itself. For large compression ratio, 

multiple stages are to be used. 

Evaporative cooling is one of the most simple and cheap 

intake air cooling technologies applied on gas turbine industry, 

compared with nowadays sophisticated techniques (mechanical 

chiller or absorption, thermal storage etc.). Temperature rise 

attenuation of intake air mass flow is achieved due to contact 

with water which vaporizes. Theoretically, the minimum 

temperature that can be achieved is the wet bulb temperature. 

Basically, this temperature is difficult to be achieved and the 

temperature drop is dependent on both the equipment and the 

environmental conditions. 

 

Physical Modelling of DLWI Axial Compressors 

To provide “greater and greater access to the currents that 

flow through” the internal volume of an axial compressor, the 

existing configurations are replaced by a “globally easier 

flowing configuration”, where the liquid water injection is 

considered to develop along the compressor such that to 

permanently maintain the relative humidity of the compressed 

moist air at its maximum possible value. Then, in order to 

quantitatively address the problem, the internal configuration of 

the air compressors in Fig. 1 is replaced by a repetitive pattern 

of many adjacent elemental compression stages, as shown in 

Fig. 2. 

 

Figure 1 Axial compressor employing either "fog cooling" 

technology with complete vaporization before the admission 

into the compressor (gray solid line at the bottom), or an “inter-

stage liquid water spraying line" (black dotted line at the top) 
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Figure 2 Repetitive pattern of adjacent elemental compression 

stages within the internal volume of the axial compressor 

 

Mathematical Model of DLWI Axial Air Compressors 

The mathematical model of DLWI (direct liquid water 

injection) process is based on the equations of mass and energy 

conservation and on the second law of thermodynamics applied 

to the control volumes representing the elemental compression 

stage. The problem consisted of computing the temperature and 

specific humidity distributions of the compressed moist air 

along the axial compressor, the mechanical power consumption 

of the compressor ( CompW ) and of the water pump (
PW ). The 

model considers the following hypotheses: 

 steady-state functioning of the equipment; 

 instantaneous vaporization of the liquid water sprayed 

into each one of the elemental compression stage; vaporization 

of the liquid water sprayed into the air stream occurs 

exclusively in contact with the gas, without getting into contact 

with the compressor’s mobile or fixed blades; 

 instantaneous thermodynamic equilibrium between the 

dry air and the vaporized moisture; 

 heat losses are negligible as well as the kinetic and 

potential energy variations; 

 Dalton model is assumed for calculating thermodynamic 

properties of the moist air components. 

The model employed in this study determines the already 

mentioned parameters by focusing firstly on reversible 

functioning of the “globally easier flowing configuration” axial 

compressor shown in Fig. 2 and then on its irreversible 

operation. The dimensionless ODE system to approach the 

reversible operation is written down as follows in the equations 

(1), (2) and (3): 
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while for the irreversible case the dimensionless ODE system is 

given by equations (4), (5) and (6): 
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where 
ak 1.4 , liq 3

w 1000 kg/m  , 
Pac 1 kJ/(kg K)   and 

s,C Comp CompW W     . Terms fgh   and fgs  represent the 

dimensionless specific enthalpy and entropy of vaporization for 

water, and
vap

wh , vap

ws  the dimensionless specific enthalpy and 

entropy of the water vapor. Dimensionless temperature, 

pressure, mass flow rate, specific enthalpy and entropy and 

dimensionless mechanical power are given 

by: *T T T , *P P P , *

am m m   , 
*

Pah h (c T ) , 
Pas s c

 
and 

* *

a PaW W (m c T )   . The prime (´) and the double prime 

(´´) superscripts indicate whether the numerical values of the 

parameters have been determined for the reversible or 

irreversible functioning. The subscripts (a), (Comp), (sat) and 

(w) refer to the dry air, to the axial compressor, saturation 

conditions and water respectively. 

The derivatives d / dP  and d / dP   are unknown 

functions to be numerically determined in order to maintain the 

maximum possible relative humidity of the compressed air 

during most of the compression process. To check the 

truthfulness of the results obtained, the relative humidity   and 

the entropy generation gen,CompS  are continuously monitored to 

ensure they are in accordance with 0 1    and gen,CompS 0  . 

 

NUMERICAL METHOD 
The ODEs system represented by Eqs. (1) – (6) was solved 

based on the 4
th

 order Runge-Kutta procedure with the 

following initial conditions: 

 
* * * *

,
        

       
Comp a P a ger Comp a P aT W m W m T S m W m

 
 

                                                        1 0 0 1 0 0

 

(7) 

 

Successive refinements of the dimensionless pressure step 

were used to verify the convergence of the numerical results. 

The grid independence was achieved for dimensionless 

pressure step of 0.001 [11]. 
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Validation of Numerical Model 

In this study the validation of the presented mathematical 

model is carried out by comparing experimental results from 

the following "in service" gas turbine engines, TV2-117, TV3-

117, RU19A-300 and AI20, with predictions made based on 

numerical simulations developed through the mathematical 

model described in this work. As there is no water injection for 

the above mentioned "in-service" gas turbine engines, 

numerical simulations were developed by considering 

d / dP 0  and d / dP 0  , the constant dry air dimensionless 

mass flow rate at the compressor entrance 
*
am 1  and the 

isentropic efficiencies of the compressors according to Table 1, 

which summarizes their gas-dynamic and geometric 

characteristics. 

 

Table 1 Compressors' gas-dynamic and geometric 

characteristics for the TV2-117, TV3-117, RU19A-300 and 

AI20 gas turbine engines 

 TV2-117 TV3-117 RU19A-300 AI20 

2 1P P  7.1 9.6 4.6 7.8 

s,C  0.83 0.86 0.81 0.86 

2 1A / A  0.243 0.255 0.255 0.282 

 

The TV2-117 turboshaft engine shown in Fig. 3 was developed 

in the sixties to equip via a central gear box for two engines 

[12] the Mi-8 medium-load helicopter by Mil Design Bureau. 

While being produced until 1997, this workhorse helicopter 

became one of the most popular in the world, thus, about 23000 

TV2-117 units were produced. They accumulated more than 

100 million operating hours [13] due to their excellent liability 

with a rated power of 1500 SHP and a cycle efficiency of about 

22.5% [12, 13] but still, remain captive to the technological 

level of the time the engine was designed. One of the main 

disadvantages in comparison to new engines is the mass of over 

300 kg. TV2-117 has 10 axial compressor stages preceded by 

variable inlet guide vane and the first 3 stages with variable 

stator incidence providing a maximum compression ratio of 

7.1. The combustor is annular with 8 injectors providing a 

turbine entry temperature of about 820 Celsius degrees [12] 

while the turbine driving the compressor has 2 axial stages.  

 

 
Figure 3 TV2-117 turboshaft engine (photo taken in COMOTI) 

 

The TV3-117 turboshaft engine shown in Fig. 4 has a similar 

design but with 12 stages for the compressor, since it represents 

the development of TV2-117 for the upgraded version of Mi-8 

helicopter represented by Mi-17 from the same Mil Design 

Bureau. It was also used for more modern helicopters such as 

Mi-14, Mi-24 and Mi-28, being produced in over 25000 units 

accumulated more than 16 million operational hours [13]. 

 

 
Figure 4 TV3-117 turboshaft engine (photo taken in COMOTI) 

 

RU19A-300, Fig. 5, is a combined propulsion engine used also 

as APU for large transport aircrafts in single-shaft turbojet 

arrangement. The aircraft list include YAK-30 and YAK-32 

sportcrafts, AN-26 transport aircraft and the S300 surface-to-air 

long range missile as well an unmanned recoinnacence aircraft  

using its about 800 daN rated thrust. It has 7 stage axial 

compressor providing maximum 4.6 compression ratio, annular 

combustor chamber and single stage axial turbine [14]. 

 

 
Figure 5 RU19A-300 turbojet-APU engine (photo taken in 

COMOTI) 

 

The AI20 turboprop engine shown in Fig. 6 designed in the 

fifties by Ivchenko design bureau, rated at 4250 SHP is used for 

large transport aircrafts in single shaft arrangement and built in 

gear box. The aircraft list includes many early designs by 

Antonov, AN-8, AN-10, AN-12, AN-32, but also the 

amphibious Beriev Be-12 and the famous Ilyushin IL-18. It has 

10 stages axial compressor providing a maximum 7.8 

compression ratio, annular combustion chamber with 10 

injectors and three stage axial turbine [14, 15]. 

 

 
Figure 6 AI-20 turboprop engine displayed in a modified 

version for industrial applications (photo taken in COMOTI) 
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By considering the irreversible adiabatic operation, results 

of the validation process show maximum differences between -

4% and 5% for the ratios of the cross-sectional areas at the 

outlet and inlet of the compressors, between -5% and 10% for 

the isentropic efficiencies, between -2.27% and 0.68% and 

between -5.33% and 9.73% for the maximum outlet 

temperatures and for the maximum outlet pressures 

respectively. 

The results of the mathematical model validation are also 

shown in Fig. 7. The air compression processes are positioned 

for all four "in-service" gas turbine engines between the 

irreversible adiabatic curves of isentropic efficiency 0.80 and 

0.90, according to the values in Table 1. There is also a good 

agreement between the calculated and effective values of the 

geometric parameter 2 1A A / A  for all equipment considered 

for mathematical modeling purposes. 

 

 

 

 

 

Table 2 Estimated performances of the axial compressor. 

Temperature control type 
2T  2  "

CompW  

ISO estimated 

performances 

No control of the 

compressed air temperature 
1.877 0.0063 -0.877 

 
Summer time estimated 

performances 

No control of the 

compressed air temperature 
2.007 0.0208 -0.860 

Fog cooling technology 

employed 
1.047 0.0249 -0.855 

Indirect evaporative cooling 

at the compressor aspiration 

and “inter-stage water 

spraying” according to the 

Constructal approach 

1.047 0.0871 -0.724 

 
 

Figure 7 Irreversible adiabatic air compression processes for the four "in-service" gas turbine engines considered. 

 

Results & Discussion 

Once the mathematical model has been validated, when 

considering at the compressor inlet atmospheric air in the initial 

ISO reference state (15°C, 101.3kPa, 60% relative humidity), 

the calculated numerical results show that, for compression 

ratios between 4.6 and 9.6, the thermal control by direct 

injection of liquid water could reduce up to 31.13% - 41.31% of 

the gas temperature at the end of the compression process. In 

addition, there is a potential to reduce energy consumption by 

up to 30.80% - 38.39%, but also a penalty in terms of the final 

pressure of the compressed gas whose value can decrease by up 

to 25.69% - 38.14%. A water consumption of up to 0.054 kg of 

liquid water per kilogram of dry air must also be taken into 

account. 

Based on the technical characteristics of a TV2-117A 

turboshaft engine converted by COMOTI from kerosene to 
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gaseous fuel, the numerical calculations regarding the 

performance of the axial compressor of this equipment lead to 

the numerical values presented in Table 2. The numerical 

results obtained for 
s,Comp 0.9  show that the energy 

consumption of this system for direct injection of liquid water 

represents less than 1% of the compressor's consumption. The 

decrease of energy consumption comes at the cost of outlet 

pressure reduction. To take this into account, two different 

situations must be considered. First, when it comes to 

implementing temperature control in an “in service” equipment, 

whose geometry is fixed (e.g. for A 0.22  in Table 3).

Second, when designing new equipment whose gas-dynamic 

characteristics are fixed (for example 
2P 8.94 in Table 4).

Table 3 Estimated performances of the axial compressor when implementing the temperature control in an “in service” equipment. 

Temperature control type A 2P 2T 2 2 Comp p a(W W ) / m   
gen,CompS

No control of the compressed air temperature 0.22 8.94 1.967 0.0066 0.001 0.907 0.047 

Evaporative cooling according to Constructal approach 0.22 5.86 1.232 0.0537 0.999 0.585 0.050 

Table 4 Estimated performances of the axial compressor when designing new equipment whose outlet pressure is fixed. 

Temperature control type A 2P 2T 2 2 Comp p a(W W ) / m   
gen,CompS

No control of the compressed air temperature 0.22 8.94 1.967 0.0066 0.001 0.907 0.047 

Evaporative cooling according to Constructal approach 0.15 8.94 1.289 0.0676 1.000 0.742 0.061 

CONCLUSIONS 
The numerical results obtained in this work add to the idea 

of temperature control by evaporative cooling of air 

compressors in gas turbine plants. There is a continuous 

compressed moist air temperature increase tendency when a 

temperature control is not used either under ISO conditions or 

for the summer time air characteristics, nor when the "fog 

cooling" technology is employed to improve the summer time 

gas turbine power plants performance. The approach in this 

paper, with indirect evaporative cooling at the compressor 

aspiration and “inter-stage water spraying”, shed some light on 

the potential of growth in the mechanical power delivered by 

the gas turbine power plants of 45.81% and a simultaneous 

reduction of 2.26% in the fuel specific consumption. Numerical 

results on the entropy generation due to the compressor 

functioning confirm the realism of the adopted assumptions and 

the adequacy of the mathematical formulation of the proposed 

model for numerical simulation purposes. Future work will be 

related to the implementation of such an injection system and 

gather functional data from experiments performed on one of 

the depicted engines. 
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ABSTRACT 
Living things have been continued to evolve under the 

pressure of survival and show structures with certain functions. 
They provide inspirations for humans to cope with challenges 
that we face today.  One of the most impressive progresses in 
heat transfer and energy utilisations in terms of learning from 
nature is mimicking plants and animals’ surface morphological 
nature for possible solutions of flow drag reduction and heat 
transfer enhancement.  This paper aims to highlight what we 
could learn from nature to tackle the challenges in heat transfer 
and energy utilisations such as energy storage for improving the 
efficiency and sustainability, in the meanwhile to introduce our 
recent progresses of the work inspired by nature or biological 
entities.   
 
On heat transfer enhancement, our recent work of spray cooling 
or drops impinging on hot surfaces will be reported and the 
effects of nature inspired structured surfaces on cooling and 
thermal management are discussed. In addition, as the de-icing 
property of multifunctional surfaces has attracted extensive 
attention from both academia and industrial companies, the role 
of nature or bio inspired surface morphological surfaces with 
micro-scaled/nano-scaled hierarchical structures in de-frost or 
de-icing will be analysed and discussed.   
 
In terms of applying the nature inspired solutions to energy 
storage, the present research using composite phase change 
materials with hierarchical porous structures for medium-high-
temperature energy storage and for solar energy applications 
are introduced. Such biomimetic structures, inspired by natural 
plants, could help avoid the leakage of high temperature molten 
solar salt in the ceramic porous and improve overall 
performance of heat transfer. 
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ABSTRACT 
This work aims to demonstrate that the addition of aluminum 

chips obtained as waste of machining operations can 

considerably shorten the phase change material (PCM) charging 

time. More in detail, a tube-in-tube heat exchanger, where water 

flows in the tube with a commercially available paraffin wax 

having a 40 °C phase change temperature saturated with chips in 

the annulus, was experimentally tested. The effects of the water 

flow rate (from 2 to 8 l min-1) and of the inlet water temperature 

(from 45 to 55 °C) were investigated on the charging process 

duration. Results demonstrated that both water flow rate and 

temperature affected the total charging time. Then, there is a 

reduction in time of about 3 times if aluminum chips are used. 

So, the use of this innovative aluminum chips wrapped tube can 

improve the heat transfer performance of the latent storage in a 

very economical way. It was also demonstrated that the use of 

aluminum foam instead of chips can further shorter the charging 

time (of about 3.5 times). But it is well known that metallic 

foams are very expensive and can make this technology not cost-

effective. These results can be useful to build a robust literature 

database and can encourage designers to apply latent heat energy 

storages in an efficient and economically viable way. 

INTRODUCTION 

Latent thermal energy storage systems can store energy 

during a period of low user demand (off-peak) and deliver it 

when required (peak hours). This can significantly facilitate the 

penetration of renewable energy sources such as concentrated 

solar power systems and photovoltaic panels. By using thermal 

energy storage systems coupled with a phase change material 

(PCM), it is possible to increase the capacity factor and achieve 

higher energy density through the processes of melting and 

solidification, while keeping the temperature of the working 

fluid almost constant. However, PCMs commonly suffer from 

low thermal conductivity (about 0.2 W m-1 K-1 for a paraffin 

wax). This drawback considerably limits the heat transfer 

performance during charging and discharging processes, 

hindering the deployment of this technology.  

At this point, it is well known that the addition of metal 

inserts can be considered a promising way to improve heat 

transfer performance. [1-5]. But, these inserts, especially metal 

foams, are expensive and their use may make this technology not 

economically viable. Hence, a trade-off between costs and 

increase in equivalent thermal conductivity must be found in 

order to propose a cost-effective and technically feasible solution 

to the market.  

This study aims to analyze the effects of adding aluminum 

chips to a latent thermal energy storage made of a tube-in-tube 

heat exchanger where water flows in inner tube and PCM having 

a phase change temperature of 40 °C in the annulus.  

The effect of aluminum chips was evaluated by making a 

comparison between this system, an equivalent system 

containing only PCM in the annulus and a third system having 

an aluminum foam embedded in the annulus instead of chips.  

The water flow rate and inlet water temperature were varied 

to investigate their effects on the total charging time. 

The size of this latent heat storage is about 0.2 kWh, that 

could be used to heat a domestic hot water unit having load 

profile 3XS to M as per European standard EN16147. 

The water flow rates have been sized accordingly (from 2 to 

8 L min-1), while the water temperature for charging the storage 

tank was varied from 45 to 55°C, supposing that this water could 

be supplied by a heat pump or solar thermal collectors.  

EXPERIMENTAL SET UP 

Figure 1 shows the schematic diagram of the experimental 

setup. It is composed by a tube-in-tube heat exchanger and a hot 

water loop that keeps the inlet water at constant temperature 

(stability within ±0.1 °C) thanks to an electric heater connected 

to a digital controller.  

Figure 1 Experimental set up 
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The water flow rate is regulated by a by-pass valve and 

measured by an electromagnetic flowmeter "Promag 50W" by 

Endress + Hauser with a maximum measurement error of ± 0.5% 

of the full scale (f.s.= 10 L min-1). 

The measurement section was placed vertically and the water 

flowed upwards, in order to avoid annular flow regime in the 

tests having lower flow rates. The measurement section is a 45 

cm long tube-in-tube heat exchanger and it is reported in Figure 

2. It consists of two coaxial tubes. The inner one has an inner 

diameter of 25 mm and an aluminum wall thickness of 3.5 mm. 

The outer tube has an internal diameter of 56 mm. It has been 

externally insulated with 3 cm of ArmaFlex Class 0, having a 

thermal conductivity declared by the manufacturer of 0.036 W 

m-1 K-1 at 20 °C to limit the heat loss to the surroundings.  

The performance during the charging phase was compared in 

three samples. All three samples have the same geometry and 

were filled with the same amount of PCM (600 g ± 0.01 g). 

The first one has only PCM in the annulus, the second one 

has an aluminum foam and PCM inside the annulus. The foam 

has 20 PPI (pores per inch), porosity equal to 0.95, aluminum 

density = 2700 kg m-3, and aluminum thermal conductivity = 220 

W m-1 K-1. It was bought from ERG Aerospace, http: 

//www.ergaerospace.com. All the foam properties are declared 

by the manufacturer. The third sample has the same amount of 

PCM filled with 100 g of aluminum chips the annulus in order to 

have an equivalent porosity of 0.95 (see Figure 3).  

 

 
Figure 2. A scheme of the samples and of the 

thermocouple positions. 

 

 
Figure 3. A picture of the PCM+ chips sample. 

 

The PCM is a commercial paraffin wax, distributed by 

RUBITHERM®, called RT40. The manufacturer states that it 

has a melting peak temperature of 40 °C, solid and liquid 

densities of 880 and 770 kg m-3, respectively, a thermal 

conductivity of 0.2 W m-2 K-1 and a heat storage capacity of 

about 134 kJ kg-1.  

The temperature was monitored by means of T-type 

thermocouples (k=2 uncertainty ±0.05 K) connected to a K170 

Ice Point Reference with stability of ±0.005 °C and accuracy of 

±0.005 °C. 16 thermocouples were placed inside the annulus to 

monitor the temperature of the PCM. These were divided into 

two series: 8 internal, placed 2 mm from the inner tube wall and 

8 external, located 2 mm from the outer tube wall. One TC was 

placed vertically every 56 mm. The thermocouple positioning is 

reported in Figure 2. 

In addition, a thermocouple was placed in the inlet of the 

inner tube to measure the inlet water temperature and a 

thermopile (k=2 uncertainty ±0.03 K) was used to measure the 

water temperature difference between inlet and outlet.  

All data were recorded every second (1 Hz) by an Agilent 

34970A Data Acquisition System and processed by LabVIEW. 

Repeatability tests were run for each sample in which the 

same working conditions were repeated 4 times. Differences of 

less than ±2% of total charging time were measured. 

 

EXPERIMENTAL RESULTS 

 

Test procedure 

 

The experimental test starts when the average temperature of 

the sample is 20±0.1 °C. At this time hot water is flowing into 

the inner tube. Flow rate and inlet temperature of the water 

remain constant throughout the whole duration of the test. The 

charging test ends when all thermocouples record temperature 

values higher than 41 °C. The water flow rate was set at 2, 4, 6, 

and 8 l min-1 (Reynolds numbers of about 1700, 3400, 5100, and 

6800, respectively) and the inlet water temperature at 45, 47, 51, 

and 55 °C. The test nomenclature lists the water temperature as 

the first number and the water flow rate as the second.  

 

Chips and foam samples comparison  

 

In this paragraph the temperature field during the charging 

phase of a latent storage formed by PCM only, one with 

aluminum foam and one with aluminum chips are compared.  

Figures 4 and 5 compare the total charging phase times of 

these three samples under different working conditions. Figure 

4 shows the tests at different water flow rates while Figure 5 at 

different inlet water temperatures.  

In each investigated configuration, the sample containing 

only PCM takes the longest time. As expected, the sample with 

metal foam is the one that takes the shortest time, with an average 

time reduction of about 10 times. But, even the addition of metal 

chips is able to reduce the charging time, on average by 3 times 

compared to the PCM only case. And this can be an excellent 

result considering the negligible cost of this waste material. 

Figures 6 and 7 compare the temperature field inside the 

PCM in the only PCM case (Figure 6) and PCM + chips case 

(Figure 7). For a better understanding, only the thermocouples 

at the extremes of the sample (inlet t1 and t2 and outlet t15 and 

t16) are shown. T1 and t15 are positioned close the outer wall 

while t2 and t16 near the inner wall.  

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 119 of 1061



  

  

 
Figure 4. Charging time of the three samples at different 

water flow rates: 2, 4, 6, and 8 l min-1. Inlet water 

temperature 47 °C. 

 

 

 

 

 
Figure 5. Charging time of the three samples at different 

inlet water temperatures: 55, 51, 47, and 45 °C. Water flow 

rate 4 l min-1. 

 

 

 

 

 
Figure 6. Temperature measurement during the 47 °C 

inlet water temperature, 4 l min-1 flow rate test in the PCM 

only sample. 

 

 
Figure 7. Temperature measurement during the 47 °C 

inlet water temperature, 4 l min-1 flow rate test in the PCM 

+chips sample. 

 

As expected, in both the samples there is a radial temperature 

gradient. In fact, t2 is always greater than t1 and t16 is always 

greater than t15. On the other hand, the presence of the chips 

drastically reduces this radial gradient due to an increase in the 

average thermal conductivity of the system. In fact, the average 

temperature difference between inner and outer areas is about 7 

°C in case of the only PCM sample, while it is about 2 °C in the 

PCM + chips case.  

Moreover, in both cases no significant temperature difference 

is measured between thermocouples placed downwards (water 

inlet) and upwards (water outlet). 

 

Influence of the working conditions 

 

This paragraph investigates in detail the behavior of the 

sample containing PCM and chips and presents the average 

temperature data of the PCM during the charging phase in the 

tests at different flow rates (Figure 8) and different inlet water 

temperatures (Figure 9).  

 

 
Figure 8. PCM average temperature during the charging 

time at different water flow rates: 2, 4, 6, and 8 l min-1. Inlet 

water temperature 47 °C. 
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Figure 8 shows that the total charging time and the average 

temperature do not vary as the water flow rate varies between 4 

and 8 l min-1. In contrast, in the 2 l min-1 test, a charging time 

approximately 40% longer is measured. In this case it is likely 

that the thermal resistance on the water side has a greater weight 

also because of a flow regime that tends to be laminar.  

During the charging phase, the PCM receives heat from the 

water. The water thermal power can be calculated using the 

following relationship (Eq.1): 

 

𝑃 =  ṁ𝑤 𝑐𝑝,𝑤 ∆𝑡 Eq.1 

 

where ṁ𝑤  is the measured water flow rate, 𝑐𝑝,𝑤 the 

specific heat capacity and Δt the temperature difference between 

water inlet temperature and water outlet temperature measured 

using a T-type thermopile. 

Since the volumetric flowmeter has an uncertainty of ± 0.5% 

of the full scale and the temperature difference of ± 0.03 K, it is 

possible to calculate the water thermal power uncertainty 

following Kline and McClintok [6]. The maximum absolute 

uncertainty is 38 W, approximately 2% of the measured value. 

Then, it was estimated that during the charging phase the 

maximum power losses was limited to 15 W. 

Figure 9 plots the thermal power during the charging time at 

different water flow rates (2, 4, 6, and 8 l min-1). The inlet water 

temperature was set constant at 47 °C during all the tests. 

The thermal power is not constant throughout the test, but it 

is maximum at the beginning and then monotonically decreasing 

as the PCM temperature increases. The maximum value is 

greater than 2000 W but after only 2 minutes it drops by an order 

of magnitude to hover around 300 W.  

Similarly to the average PCM temperature presented in 

Figure 8, the thermal power varied a little (about -10% passing 

from 8 to 4 l min-1) as the water flow rate varies between 4 and 

8 l min-1. In contrast, in the 2 l min-1 test, a thermal power 

approximately 30% lower (with respect to the 8 l min-1 test) was 

measured. 

 

 
Figure 9. Water thermal power during the charging time at 

different water flow rates: 2, 4, 6, and 8 l min-1. Inlet water 

temperature 47 °C. 

 

Figure10 compares the tests performed at different inlet 

water temperatures. As expected, increasing the water 

temperature, and thus increasing the temperature difference 

between water and PCM, the charging time decreases but the 

average PCM temperature and the maximum temperature 

reached in the PCM increase. 

These same data were further analyzed. Figure 11 shows the 

total charging times as a function of the difference between inlet 

water temperature and PCM phase change temperature at the 

same flow rate (4 l min-1). 

 

 
Figure 10. PCM average temperature during the 

charging time at different inlet water temperatures: 55, 51, 

47, and 45 °C. Water flow rate 4 l min-1. 

 
Figure 11. Total charging time in the PCM+chips sample 

as a function of the inlet water to PCM phase change 

temperature difference. Water flow rate 4 l min-1. 

 

It can be seen that for temperature differences between 7 and 

15 °C the relationship between the temperature difference and 

the charging time is almost linear (R=0.9998), while if the 

temperature difference is lower than 7 °C, the total charging time 

increases in a much more than linear way. From a technical point 

of view this result is very important. In fact, it reminds a designer 

that it is fundamental to choose a PCM with a phase change 

temperature suitable for each application and to avoid working 

with too small temperature differences that involve an 

unsustainable increase of the charging time of the storage. 
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For space reasons, this manuscript does not discuss the 

discharging phase (i.e., solidification of the PCM due to heat 

exchange with cold water inside the tube). Briefly it can be 

summarized that in the discharging phase the addition of chips 

reduces the total time by 80% compared to the PCM-only case. 

Moreover, similarly to what happen during charging, the radial 

temperature gradient is reduced with respect to the PCM-only 

case. Therefore, it can be concluded that the addition of chips to 

PCM can be an economically and technically viable solution to 

decrease also the total discharging time. 

 

CONCLUSIONS 
 

It is well known that on average PCM have a low thermal 

conductivity. This property results in long charging and 

discharging times and sometimes compromises the use of this 

technology in latent storages. It is also well known that the use 

of metal foams drastically reduces the charging and discharging 

times but it is also true that the cost of metal foams is very high 

and that it can compromise the economic feasibility of this 

technology. This paper compared three latent energy storage 

solutions: an only-PCM sample, an aluminum foam + PCM 

sample and an aluminum chips + PCM sample. 

The total charging time and the temperature field were 

analyzed at different water flow rates and inlet water 

temperatures. 

It was observed that: 

- In each investigated configuration, the sample containing 

only PCM takes the longest time, the sample with metal foam is 

the one that takes the shortest time (average time reduction of 

about 10 times), and the sample with chips can reduce the total 

time on average by 3 times compared to the PCM only case; 

-in all the samples there is a radial temperature gradient, but 

the presence of the chips drastically reduces this radial gradient 

with respect to the PCM-only case due to an increase in the 

average thermal conductivity of the system; 

- in the PCM + chips sample the total charging time and the 

average temperature do not vary as the water flow rate varies 

between 4 and 8 L min-1. While, in the 2 L min-1 test, a charging 

time approximately 40% longer is measured. As expected, 

increasing the water temperature, and thus increasing the 

temperature difference between water and PCM, the charging 

time decreases but the average PCM temperature and the 

maximum temperature reached in the PCM increase. 

It can be concluded that the addition of chips to PCM can be 

an economically and technically viable solution to decrease the 

total charging time. But it is required to correctly size the water 

flow rate and accurately select the PCM phase change 

temperature in order to match operating temperatures. 
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ABSTRACT 

This paper investigates if the addition of metallic structures can 

overcome the very well-known phase change materials low 

thermal conductivity issue. Additive manufacturing was used to 

realize some 3D metallic periodic structures made of AlSi10Mg-

0403 aluminium alloy, having different base sizes (10, 20, and 

40 mm) and constant porosity (PCM volume/aluminium 

volume). The samples have 42 x 42 mm2 base area and a total 

height of 60 mm and they were filled with 60 g of erythritol. The 

samples were experimentally tested by analysing the temperature 

field during the charging phase (i.e. heating and melting), 

obtained by electrical heating (six heat fluxes corresponding to 

30, 40, 50, 60, and 70 W were applied, heat fluxes ranging 

between 18.75 and 43.75 kW m-2, respectively) and the 

discharging phase (i.e. solidification and cooling), where the heat 

was rejected by natural convection with ambient still air. 

Comparing the results obtained using the three 3D periodic 

structures and an identical sample filled only with the same 

amount of erythritol (no 3D structure inside), it can be concluded 

that a more homogeneous temperature distribution in the 

material and a lower maximum temperature were observed when 

the periodic structures were tested. Furthermore, the presence of 

the aluminium structures reduces the total cycle time, allowing 

to apply this technology for more efficient latent thermal energy 

storages. 

INTRODUCTION 

One of the main current technological challenges is to satisfy 

the global growing demand for energy with a sustainable and 

environmentally friendly offer. For this reason, the amount of 

renewable energy produced is increasing coupled to the efforts 

made to optimize and maximize the waste heat recovery. In fact, 

the waste heat released by industrial processes if recovered and 

stored assures a huge potential to exploit for power needs. The 

main issue connected to the use of these heat sources is their 

periodic appearance and availability and their floating 

characteristics.  

The interest in Phase Change Materials (PCMs) has been 

continuously growing, since they were identified as a suitable 

way to store large quantities of thermal energy and to couple 

energy production and demand. 

There are currently many available materials that can be used 

as PCMs. They can be subdivided by material type or by phase 

change temperature. In fact, it is essential to select the right 

material having the phase change temperature compatible with 

each application.  

The literature reports a large number of materials with phase 

change temperature between 20 and 70 °C. But only few 

materials having higher phase change temperature, e.g. in the 

range 120-150 °C [1-2]. Yet, this temperature range is now 

required for a large amount of applications, among all low 

temperature Organic Rankine Cycle (ORC) systems and 

industrial waste heat recovery. 

In particular, Gasia et al. [1] took into account several 

materials, pointing out that most of them are harmful to health 

(e.g. they are toxic, or they can cause skin or respiratory 

irritations). It is possible to use hydrated salts, but, in addition to 

being corrosive to metals, they have several disadvantages such 

as super cooling and phase separation. It is also possible to use 

organic materials (e.g. adipic acid, benzoic acid, phthalic 

anhydride etc.) but they also have similar disadvantages mainly 

related to low stability.  

On the other hand, a big possibility is given by erythritol 

(C4H10O4), an organic sugar alcohol, which is a cheap, 

commercially available, highly stable, non-corrosive and non-

toxic (currently used for food purposes), with a phase change 

temperature around 118 °C [3].  

Unfortunately, like many other PCMs, erythritol has a high 

supercooling degree and low thermal conductivity. To overcome 

these issues, in the literature erythritol has been proposed as a 

viable PCM only if coupled with solutions to increase its thermal 

conductivity.  

For example, Yan et al [4-5] proposed the addition of graphene 

particles and hierarchical porous diamonds, Ma et al. [6] and 

Yuan et al. [7] the use of expanded graphite, Tan et al. [8] of 

exfoliated graphite nanoplatelets, etc. 

All these solutions lead to good scientific results but they are 

not currently suitable to be used in real applications that require 

low costs and a long shelf life.  

For this reason, in this paper we propose a more cost-effective 

and technologically simpler solution to increase the average 

thermal conductivity of the structure, basing on the experience 

gained by Righetti et al. [10-12].  

With the aim of reducing charging and discharging times and 

thus making erythritol a suitable material for latent thermal 

energy storages, some periodic 3D structures made of aluminium 

were embedded in the PCM.  

Thanks to the additive manufacturing, 3 different geometries 

with equal porosity (PCM volume/aluminium volume) and 

different base size have been studied, in order to optimize the 
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geometry, carrying out a comparison with the reference solution 

having only erythritol and no aluminium structures. 

EXPERIMENTAL SET UP 
 

The experimental set-up used for these new tests with erythritol 

has already been presented in detail in Righetti et al. [10]. Figure 

1 represents a scheme of this. 

Briefly, 60±0.1 g of PCM are contained in an AlSi10Mg-0403 

aluminium alloy sample of internal volume 40x40x40 mm3. The 

sample is placed over an electric heater providing the required 

heat output. In this manuscript, very high heat fluxes have been 

applied, never tested before on this test rig. The heat flux varied 

from 18.75 to 43.75 kW m-2. The uncertainty of the electrical 

power measurement was estimated to be lower than ±0.5%. The 

basement was carefully insulated with glass fibre to limit heat 

losses to the external ambient.  

The sample was manufactured by 3D printing. This technology 

allowed the creation of samples with periodic 3D aluminium 

structures on the inside to increase the average thermal 

conductivity of the system. Three different structures were 

tested. All of them have a porosity of 0.95 (PCM 

volume/aluminium volume) but each of them has a different base 

size: 40, 20, and 10 mm respectively. In the rest of the 

manuscript these samples will be referred to as "4", "2" and "1", 

respectively. Then, another sample having the same dimensions 

and filled only with the same amount of PCM and no aluminium 

structures was tested to have a reference. "r" is the abbreviation 

for the reference sample.  

 

 

Figure 1 Experimental set up and thermocouple 

positioning 

Figure 2 shows a scheme of the geometric dimensions of the 

sections. Further details can be found in Righetti et al. [10].  

The temperature of the PCM during charging and discharging 

phases was monitored every 1 second by four T-type 

thermocouples (uncertainty ±0.1 K) named t6, t7, t8, and t9. The 

positions of these thermocouples are shown in Figure 1. In 

addition, one thermocouple (t1) was inserted into a hole drilled 

in the aluminium base, 1 mm below the surface.  

The samples were placed inside a climatic chamber that kept 

the air temperature constant at 20±0.2°C. 

 

 

 
Figure 2. A scheme of the samples 

 

EXPERIMENTAL RESULTS 
 

Test procedure 

 

The charging phase starts with the average sample 

temperature equal to 20±0.1 °C. A constant electrical heat flux 

is applied from the basement until the complete PCM melting. 

It has been decided that the end of the charging phase is 

reached when all thermocouples are at a temperature higher 

than 119 °C, one degree above the declared phase change 

temperature. Electric power during the charging tests was set at 

30, 40, 50, 60 and 70 W (Heat fluxes equal to: 18.75; 25; 31.25; 

37.5; and 43.75 kW m-2). As soon as the charging phase is 

completed, the power supply is switched off and the 

discharging phase begins. Here the sample is solidified and 

cooled down due to the colder ambient air (20±0.1 °C). The 

discharging phase ends when all the PCM thermocouples 

measure a temperature below 40 °C.  
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Results discussion 

 

Figure 3 shows the total cycle time formed by the charging + 

discharging time for each sample and each working condition 

investigated.  

The reference sample, the one containing only PCM, has an 

average cycle time 22% longer than the others having a metallic 

structure. The test where the effect of the aluminium structures 

is most relevant is the 30 W one. During this test the reference 

sample takes 31% longer time to complete a complete 

charging+discharging cycle. There are no significant differences 

in total time among the three structures.  

From this initial analysis, it is possible to state that the addition 

of metal structures can shorten the total cycle time and make this 

technology more appealing to be applied in real cases.  

 

 

Figure 3 Total cycle time (charging + discharging time) for 

each sample and each working condition studied. 

 

Figure 4 shows the maximum temperature recorded by the 

thermocouple positioned inside the aluminium basement at the 

end of the charging for each sample and for each working 

condition studied. This temperature is significant because it is 

the temperature difference between the hot source and the PCM 

phase change temperature. Thus, it is the parameter to control 

when one wants to select a proper PCM for a selected 

application. This temperature is on average 15% lower when 

comparing 10 mm and reference samples. The 70 W case is the 

condition in which the difference is the highest, equal to 20.5%.  

Heat transfer in these tridimensional structures is a 

combination of convection and conduction mechanisms. It 

depends on the volume in which the liquid PCM can move, but 

also on the geometry, cross section, and position in space of the 

aluminum ligaments. In the case of the 10 mm sample, a more 

advantageous combination of parameters should improve heat 

transfer, that results in a measured reduction in aluminum 

temperature. The three structures show very similar results in the 

low heat flux tests, while they differ by 7% in the 70W test. In 

this case, the lowest maximum temperature is obtained when 

using a structure with a smaller base size (10 mm). 

Figure 5 compares the temperature trends within the PCM (t6, 

t7, t8, and t9) in the reference sample and the 10 mm sample 

during the charging phase at 50 W. In both test samples, the 

temperature t6 (the closest to the heated basement) is the hottest, 

followed by t7, t8 and finally t9. So it can be said that the 

temperature field evolves parallel to the heated basement. 

However, it can be observed that the difference between the 

minimum and maximum temperature is greater in the reference 

sample (up to 41 °C in the reference sample, 13 °C in the 10 mm 

sample). Therefore, the presence of the wire mesh makes the 

temperature in the PCM more homogeneous. 

 

 
Figure 4 Maximum temperature (t1) for each sample and 

each working condition studied. 

 

 

 
Figure 5 Temperature trends within the PCM (t6, t7, t8, 

and t9) in the reference sample and the 10 mm sample in the 

loading phase of the intermediate power (50 W) test. 
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Figure 6 shows a comparison of the average temperature 

inside the PCM (average of the thermocouples t6, t7, t8, and t9) 

in the four test samples studied during the charging phase of the 

test conducted at 50 W. Contrary to the local temperatures, it can 

be seen that the average temperature in the reference sample is 

very similar to the one in the samples containing the 3D 

structures. The reference sample has a slightly lower temperature 

(maximum 4 % lower) in the first phase of the test and a slightly 

higher temperature in the second phase of the test (maximum 6% 

lower compared to the 20 mm sample). The only significant 

difference is the total charging time (-17% if the structures are 

used). As shown above, the reference sample takes a longer time 

to complete the charging phase.  

 

 
Figure 6 Average temperature inside the PCM in the 

four test samples studied during the charging phase of the 

test conducted at 50 W. 

 

Figure 7 represents the average temperature of the PCM 

during the discharging phase of all the samples at the end of a 

charging phase run at 50W. To compare these tests, it was 

decided to start the discharging phase with the same average 

temperature (132 °C). There were observed no significant 

differences in the total discharging time. The 20 mm test is the 

first to finish while the 40 mm test is the last, after a 4% longer 

time. It can be seen that there is a marked sub-cooling before 

the phase change process that was not evident in the charging 

process. 

 
Figure 7 Average temperature of the PCM during the 

discharging phase of all the samples at the end of a charging 

phase conducted at 50W. 

This sub-cooling is higher when the 3D structures are used and 

when their base size decreases. The measured sub-cooling is up 

to 20 °C in the case of the 10 mm sample. This phenomenon 

probably depends on the heat flux and it is stronger at lower heat 

fluxes. Thus, it is visible only during the discharging phase since 

this phase is controlled by natural convection, a process resulting 

in much lower heat flux than those studied during the charging 

phase.  

On the other hand, this phenomenon has never been observed 

in similar studies run on the same structures with other materials. 

[10-12] Therefore, it strongly depends on the selected material. 

 

CONCLUSION 
 

In this paper, new experimental tests were carried out using 

erythritol, a material with a phase change temperature of 118 °C 

proposed for latent heat thermal storages for waste heat recovery. 

The recovered heat in this temperature range can be directly re-

used for industrial purposes, it can be exploited for pre-heating 

air or water, or it can be used to feed ORCs.  

It was pointed out that the main disadvantage of erythritol is its 

low thermal conductivity, so it was proposed to increase it by 

adding three-dimensional periodic aluminium structures. 

Three geometries with the same porosity and different base 

sizes were compared with each other and with a sample 

containing only PCM at different working conditions (electrical 

heat fluxes: 18.75; 25; 31.25; 37.5; and 43.75 kW m-2). 

It was concluded that:  

- the reference sample, containing only PCM, has a cycle time 

(charging+discharging) on average 22% longer. There are no 

significant differences when using the three structures; 

- the maximum temperature recorded in the aluminium 

basement is on average 15% lower when 10 mm sample is used 

instead of the reference one. The three structures present very 

similar results in the low heat flux tests, while they differ by 7% 

in the 70W test; 

- from the analysis of the four temperatures embedded in the 

PCM, the temperature field evolves parallel to the heated 

basement and the presence of the 3D structures makes the 

temperature in the PCM more homogeneous; 

- there are no significant differences in the total discharging 

time, the discharging time length of all the tests is within a 4% 

variation; 

- there is a marked sub-cooling before the start of the phase 

change process during the discharging tests. This subcooling is 

up to 20 °C in the case of the 10 mm sample. It should depend 

on the heat flux, on the presence of the aluminium structures and 

on the material. 

 

Some of the tests carried out in this study are similar to some 

published by Righetti et al [10,11] on the same structures but 

with different materials (paraffin waxes with phase change 

temperatures of 55 and 70 °C) and lower heat fluxes (from 6.25 

to 18.75 kW m-2). Different behaviour was observed between the 

series of data. Therefore, it can be concluded that the use of metal 

inserts undoubtedly improves the functioning of the latent heat 

storages but that it is necessary to investigate in more detail the 
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correlation between PCM properties, working conditions, and 

the metal inserts effects. 
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ABSTRACT 
     This paper addresses, for the first time, lumped 

electrochemical-thermal coupled model requirements for the 

core temperature prediction of a cylindrical 21700 cell. This 

approach reduces the total number of necessary input parameters 

in comparison with fully physics-based models. A Newman P2D 

or a Newman simplified electrochemical model of Single 

Particle (SP) require approximately 40 and 20 parameters. By 

contrast, the lumped semi-empirical electrochemical-thermal 

model approach uses 3 fitting and 10 input parameters, 

simplifying the detailed knowledge required and also enabling 

the reduction of the load on the battery management system. 

COMSOL Multiphysics has been used to achieve a coupled 

electrochemical-thermal model which is both accurate and with 

fast response (computation time: ~18 seconds) in the prediction 

of 21700 NMC/Si-Graphite cell potentials and core 

temperatures. The fitting parameters of dimensionless charge 

exchange, the ohmic overpotential at 1C, and the diffusion time 

for the calibrated model were obtained using the experimental 

battery data at 1C. The model is validated against a different set 

of data for discharge tests at 0.3 and 0.7 C-rates. These include 

experimental cell potential curves and core temperature 

measurements by using a fibre optic sensing system. Results 

showed that the standard deviations obtained for the cell voltage 

and the core temperature are respectively 0.12 V and 0.8 K.  

INTRODUCTION 
     The thermal characteristics of lithium-ion batteries during 

charge and discharge are important in a variety of applications. 

In aerospace and automotive applications for example, thermal 

management of battery packs [1], battery degradation [2], ageing 

[3] modelling, and battery management system design are all

crucial. A thermal-electrochemical coupled model with core

temperature prediction capabilities, rather than just surface

temperature predictions as in existing models [4], plays a

prominent role in battery safety, reliability, and longevity [5].

Fast modelling is important for control purposes and health

monitoring.

Current electrochemical models can be classified into three

categories, namely (i) fully physics-based, (ii) simplified

physics-based and (iii) equivalent circuit (EC) models. The EC

approach uses several simple circuit components to create an

electric circuit with dynamic voltage characteristics that

approximate those of an operating battery, hence acting as a

black-box model. Other battery black-box modelling techniques,

such as neural networks, are also available. It is feasible to create

hybrid methods by combining elements from different

approaches. Newman and his collaborators developed the most

extensively used physics-based lithium-ion battery model 

(Known as the Doyle-Fuller-Newman model [6]) to describe the 

behaviour of a porous electrode battery in 1993. This model is 

referred to as a pseudo-two-dimensional (P2D) model. This 

model has undergone extensive research and has proven to be an 

effective tool for estimating, optimising, and predicting battery 

performance. To set up the P2D successfully all the battery 

components' geometric, thermodynamic, physical, and kinetic 

parameters are required as inputs. This involves a thorough 

understanding of the properties of individual electrode, 

electrolyte, and separator materials, which can only be obtained 

by extensive testing. The accuracy of these parameters is critical 

to the P2D model's reliability. Because these parameters are 

unique to each cell design, not all parameter values are 

transferable from one cell design to the next [7]. Literature-based 

experimental data cannot be confidently used, if they come from 

diverse sources, because discrepancies may occur, resulting in 

poor predictions. As a result, one of the most difficult aspects of 

physics-based modelling is determining a proper set of 

parameters to replicate a specific battery. To allow simulation, 

the P2D model requires around 40 parameters. 

     Researchers are constantly on the lookout for an appropriate 

and feasible simplification technique for the P2D model, with the 

Single Particle (SP) model (by Haran et al. in 1998, [8]) being 

the most popular. The SP model ignores the unequal distribution 

of lithium ions' solid-phase diffuse potential in the liquid phase, 

allowing an active particle to represent the complete electrode. 

The SP model has fewer solving equations, fewer parameters 

(but still over 20), and higher computational efficiency than the 

P2D model. Thus, it has evolved into an electrochemical model 

that can be used in real-time systems. However, due to the 

simplifying of the electrochemical process, the precision of the 

SP model is decreased, and it is only applicable for low to 

moderate-rate charge and discharge conditions. 

     To facilitate the parameter estimation task for the battery 

management system (BMS) on-board, Ekström et al. (2018, [9]) 

suggested a lumped semi-empirical model. Their approach, 

which includes three lumped models of voltage losses in the cell, 

can accurately estimate cell potential. One linear (resistive), one 

nonlinear (kinetic), and one time-dependent element are 

included in the model, with the latter characterising the diffusive 

processes in the battery. This results in a model with less than 10 

input parameters. It should be noted that their developed model 

is isothermal. However, the potential exists to couple this 

electrochemical model with a thermal model and obtain transient 

heat transfer characteristics. The effect of temperature on the 

electrochemical properties, ageing, and performance of lithium-

ion cells has been discussed in a review by Alipour et al. [10], 
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suggesting the need for thermal-electrochemical models with 

core temperature capabilities. The existing models are, however, 

only validated against experimentally-measured surface 

temperatures of a battery cell. There is no study suggesting a 

thermal-electrochemical model with experimentally-verified 

core temperature capabilities. 

     In this paper, the objective is to study, for the first time, 

lumped thermal-electrochemical coupled model requirements 

for the core temperature prediction of a cylindrical 21700 cell. 

Experimentally-measured core temperature and open-circuit 

voltage (OCV) data is used to fit three corresponding lumped 

semi-empirical voltage loss models. In particular, use is made of 

three lumped fitting parameters of the dimensionless charge 

exchange, the ohmic overpotential at 1C, and the diffusion time 

in conjunction with empirical parameters of OCV vs SOC and 

temperature derivatives of OCV vs. SOC, to better predict the 

core temperature. The new model aids to improve the design and 

thermal management of batteries, and the design of BMS in 

automotive and aerospace applications. 

NOMENCLATURE 
Cp specific heat (kJ/kg k) 

𝑑  diameter (m) 

𝐸𝑂𝐶𝑉  open circuit voltage (V) 

𝐹  Faraday’s constant (C/mol) 

𝐼𝑐𝑒𝑙𝑙  applied current (A) 

𝐽0  dimensionless charge exchange current (-) 

k thermal conductivity (W/m K) 

𝐿  length (m) 

𝑞  heat flux by conduction (W/m2) 

𝑄ℎ  battery heat source (W) 

𝑄𝑐𝑒𝑙𝑙,0  battery cell capacity (C) 

𝑄𝑚𝑖𝑥  heat of mixing (W) 

𝑅  molar gas constant (J/mol K) 

𝑆𝑂𝐶𝑎𝑣𝑒𝑟𝑎𝑔𝑒 average state-of-charge (-) 

𝑆𝑂𝐶𝑐𝑒𝑙𝑙,0  initial cell state-of-charge (-) 

𝑆𝑂𝐶𝑠𝑢𝑟𝑓𝑎𝑐𝑒  surface state-of-charge (-) 

T temperature (K) 

𝑇𝑟𝑒𝑓  reference temperature (K) 

𝑉𝑐𝑒𝑙𝑙  battery volume (m3) 

𝜂𝐼𝑅,1𝐶  ohmic overpotential at 1C (V) 

𝜂𝐼𝑅  ohmic overpotential (V) 

𝜂𝑎𝑐𝑡  activation overpotential (V) 

𝜂𝑐𝑜𝑛𝑐  concentration overpotential (V) 

Greek symbols 

𝜌 density (kg/m3) 

𝜎  standard deviation (-) 

𝜏 diffusion time constant (s) 

Subscripts 

batt battery 

can canister 

cc current collector 

fit fitting 

man mandrel 

neg negative 

pos positive 

sep separator 

val validation 

THERMAL-ELECTROCHEMICAL MODEL OVERVIEW 
AND GOVERNING EQUATIONS 

Figure 1 shows a schematic view of the integrated model by 

coupling a 0D lumped semi-empirical cell model with a 2D 

axisymmetric heat transfer model. The battery cell chemistry is 

modelled using the lumped model, while the temperature in the 

battery is modelled using the heat transfer model. The produced 

heat source calculated by the lumped model and the average 

temperature obtained from the thermal model connect the two 

models. 

 

Figure 1 Schematic view of the coupled model, where the 

0D lumped semi-empirical cell model provides the battery heat 

source to the 2D Heat transfer model, which feedbacks the 

temperature to the cell model. 

The rationale for choosing a 0D cell model is because the heat 

conductivity of the components of a lithium-ion battery is rather 

high in comparison to the heat generated. Consequently, the 

battery should have a fairly consistent temperature profile in 

most instances. Furthermore, if modest temperature variations 

have minimal effect on the battery chemistry, characterising the 

battery chemistry using a global lumped model which is based 

on the battery's average temperature loses little detail. However, 

when there is a substantial range in temperature throughout the 

active battery material, a local lumped model can be employed 

since it is necessary to incorporate local values of the produced 

heat source in the thermal model. The heat transfer interface is 

used by the local lumped model to obtain the local temperature 

in the active material domain, and in return the generated heat 

source is provided by local lumped model to the heat transfer 

interface. The battery cell voltage, 𝐸𝑐𝑒𝑙𝑙, can be obtained based 

on [9] as follows: 

𝐸𝑐𝑒𝑙𝑙 = 𝐸𝑂𝐶𝑉(𝑆𝑂𝐶, 𝑇) + 𝜂𝐼𝑅 + 𝜂𝑎𝑐𝑡 + 𝜂𝑐𝑜𝑛𝑐                            (1) 

where the open circuit voltage, 𝐸𝑂𝐶𝑉(𝑆𝑂𝐶, 𝑇), which is 

temperature, 𝑇, and SOC dependent, is evaluated as (based on 

COMSOL Multiphysics® [11]): 

𝐸𝑂𝐶𝑉(𝑆𝑂𝐶, 𝑇) = 𝐸𝑂𝐶𝑉,𝑟𝑒𝑓(𝑆𝑂𝐶) + (𝑇 − 𝑇𝑟𝑒𝑓)
𝜕𝐸𝑂𝐶𝑉(𝑆𝑂𝐶)

𝜕𝑇
       (2) 

where 𝐸𝑂𝐶𝑉,𝑟𝑒𝑓(𝑆𝑂𝐶) is open circuit voltage at a reference 

temperature 𝑇𝑟𝑒𝑓, and 
𝜕𝐸𝑂𝐶𝑉(𝑆𝑂𝐶)

𝜕𝑇
 is the temperature derivative of 
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the open circuit voltage versus SOC. 𝜂𝐼𝑅, 𝜂𝑎𝑐𝑡, and 𝜂𝑐𝑜𝑛𝑐 are 

respectively lumped overpotentials of ohmic, activation, and 

concentration. Lumped voltage loss associated with ohmic 

processes in the electrolyte and electrodes can be obtained using 

𝜂𝐼𝑅 = 𝜂𝐼𝑅,1𝐶
𝐼𝑐𝑒𝑙𝑙

𝐼1𝐶
                                                                          (3) 

𝐼1𝐶 =
𝑄𝑐𝑒𝑙𝑙,0

3600[𝑠]
                                                    (4) 

where 𝜂𝐼𝑅,1𝐶 is ohmic overpotential at 1C (a fitting parameter), 

𝐼𝑐𝑒𝑙𝑙 is applied current, and 𝐼1𝐶 is charge at 1C. Lumped voltage 

loss associated with activation overpotential on both the positive 

and negative electrode surfaces (due to charge transfer 

processes) is obtained from [9] using Butler-Volmer equation 

[12]: 

𝜂𝑎𝑐𝑡 =
2𝑅𝑇

𝐹
𝑎𝑠𝑖𝑛ℎ (

𝐼𝑐𝑒𝑙𝑙

2𝐽0𝐼1𝐶
)                                                          (5) 

where 𝐽0 is dimensionless charge exchange current (a fitting 

parameter), 𝑅 is the molar gas constant, and 𝐹 is Faraday’s 

constant. The equation for the lumped voltage loss associated 

with concentration overpotential, based on diffusion in an 

idealized particle, is as follows (based on [11]): 

𝜂𝑐𝑜𝑛𝑐 = 𝐸𝑂𝐶𝑉(𝑆𝑂𝐶𝑠𝑢𝑟𝑓𝑎𝑐𝑒 , 𝑇) − 𝐸𝑂𝐶𝑉(𝑆𝑂𝐶𝑎𝑣𝑒𝑟𝑎𝑔𝑒 , 𝑇)            (6) 

where 𝑆𝑂𝐶𝑎𝑣𝑒𝑟𝑎𝑔𝑒 and 𝑆𝑂𝐶𝑠𝑢𝑟𝑓𝑎𝑐𝑒 are average and surface state-

of-charges of the particles which are obtained using Fickian 

diffusion equation [13] as follows: 

𝜏
𝜕𝑆𝑂𝐶

𝜕𝑡
= −∇. (−∇SOC)                                                             (7) 

where 𝜏 is the diffusion time constant (the third fitting 

parameter). The diffusion equation is solved in a 1D pseudo 

additional dimension corresponding to the particle dimension (an 

interval of length 1 with X as the dimensionless spatial variable). 

Depending on whether the particles are supposed to be flakes, 

rods, or spheres, the gradient is calculated in Cartesian, 

cylindrical, or spherical coordinates. The boundary conditions 

(𝑋 = 0 represents centre of the particle, 𝑋 = 1, points at the 

particle surface) are: 

∇𝑆𝑂𝐶 = 0|𝑋=0 and ∇𝑆𝑂𝐶 =
𝜏𝐼𝑐𝑒𝑙𝑙

𝑁𝑠ℎ𝑎𝑝𝑒𝑄𝑐𝑒𝑙𝑙,0
|𝑋=1                           (8) 

where 𝑁𝑠ℎ𝑎𝑝𝑒 is 1 for Cartesian, 2 for cylindrical, and 3 for 

spherical coordinates. The initial state of charge is 𝑆𝑂𝐶𝑐𝑒𝑙𝑙,0. 

Therefore, 𝑆𝑂𝐶𝑠𝑢𝑟𝑓𝑎𝑐𝑒, is defined at the particle surface. 

𝑆𝑂𝐶𝑎𝑣𝑒𝑟𝑎𝑔𝑒, is defined by integrating over the volume of the 

particle in the form of: 

𝑆𝑂𝐶𝑎𝑣𝑒𝑟𝑎𝑔𝑒 =
∫ 𝑆𝑂𝐶4𝜋𝑋2𝑑𝑋

1
0

∫ 4𝜋𝑋2𝑑𝑋
1

0

= 3 ∫ 𝑆𝑂𝐶𝑋2𝑑𝑋
1

0
                        (9) 

Finally, the electrochemical heat source required for the thermal 

model can be formulated (according to [11]) as follows: 

𝑄ℎ = (𝜂𝐼𝑅 + 𝜂𝑎𝑐𝑡 + 𝑇
𝜕𝐸𝑂𝐶𝑉(𝑆𝑂𝐶𝑠𝑢𝑟𝑓𝑎𝑐𝑒,𝑇)

𝜕𝑇
) 𝐼𝑐𝑒𝑙𝑙 + 𝑄𝑚𝑖𝑥           (10) 

where 𝑄𝑚𝑖𝑥 is the heat of mixing according to [11]: 

𝑄𝑚𝑖𝑥 =
𝑁𝑠ℎ𝑎𝑝𝑒𝑄𝑐𝑒𝑙𝑙,0

𝜏
∫

𝜕𝐸𝑂𝐶𝑉,𝑡ℎ𝑒𝑟𝑚

𝜕𝑆𝑂𝐶

𝜕𝑆𝑂𝐶

𝜕𝑋

𝜕𝑆𝑂𝐶

𝜕𝑋
𝑋𝑁𝑠ℎ𝑎𝑝𝑒−1𝜕𝑋

1

0
      (11) 

and 𝐸𝑂𝐶𝑉,𝑡ℎ𝑒𝑟𝑚 is the thermoneutral voltage as bellow: 

𝐸𝑂𝐶𝑉,𝑡ℎ𝑒𝑟𝑚 = 𝐸𝑂𝐶𝑉,𝑟𝑒𝑓(𝑆𝑂𝐶) − 𝑇𝑟𝑒𝑓
𝜕𝐸𝑂𝐶𝑉(𝑆𝑂𝐶)

𝜕𝑇
                     (12) 

     As can be seen in Figure 1, the 2D heat transfer model uses 

the geometry and materials of a 21,700-type cylindrical cell. This 

includes the isolator mandrel, active material consisting of two 

current collectors, two electrodes, and one separator as well as a 

canister. Active material here is in fact spirally wound layers 

around the mandrel that are generally tens of micrometres thick 

in the normal direction but tens of centimetres long in the sheet 

direction. In other words, instead of simulating heat conduction 

in each layer of the wound sheets in the radial direction (for 

example, each negative electrode layer, each separator layer, and 

so on), the wound sheets are represented as one active battery 

material domain. It has been proven by Gomadam et al. [14] that 

heat conduction in the spiral direction can be ignored in this form 

of spirally wound battery. This justifies using axial symmetry. 

The thermal conductivities are anisotropic, with a larger thermal 

conductivity along the battery sheets (i.e. in the cylinder length 

direction) than in the normal direction to the sheets (i.e. in the 

radial direction). The thermal conductivity in the radial direction, 

thermal conductivity in the cylinder length direction (based on 

[15]), the density, and the heat capacity (taken from [11]) of the 

active material can be calculated according to following 

equations: 

𝑘𝑟 =
∑ 𝐿𝑖

∑ 𝐿𝑖/𝑘𝑖
                                                                           (13) 

𝑘𝑎𝑛𝑔 =
∑ 𝐿𝑖𝑘𝑖

∑ 𝐿𝑖
                                                               (14) 

𝜌𝑏𝑎𝑡𝑡 =
∑ 𝐿𝑖𝜌𝑖

∑ 𝐿𝑖
                                           (15) 

𝐶𝑝,𝑏𝑎𝑡𝑡 =
∑ 𝐿𝑖𝐶𝑝,𝑖

∑ 𝐿𝑖
                                                              (16) 

where 𝐿𝑖 is the thicknesses of the cell's several layers. 𝑘𝑖, 𝜌𝑖, and 

𝐶𝑝,𝑖 are respectively thermal conductivities, densities and heat 

capacities of the materials that make up these layers. Finally, heat 

transfer in solids (i.e., the active material, the hollow mandrel, 

and the canister) can be calculated numerically using energy 

conservation equation in the simplified form of: 

𝜌𝐶𝑝
𝜕𝑇

𝜕𝑡
+ ∇. 𝑞 =

𝑄ℎ
𝑉𝑐𝑒𝑙𝑙

⁄                    (17) 

where 𝑞 is the heat flux by conduction, and 𝑉𝑐𝑒𝑙𝑙 is the battery 

volume. 

MODEL REQUIREMENTS: EXPERIMENTAL 
MEASUREMENTS AND INPUT PARAMETER VALUES 
     Single discharge processes at three various C rates of 0.3, 0.7 

and 1C were simulated to validate the above-mentioned model. 

The calculations are based on a commercial high-energy 21700 

battery with a rated discharge capacity of 5 Ah at 1C. The cut-

off voltages for discharge and charge are 2.5 V and 4.2 V, 

respectively, and the nominal voltage is 3.63 V. Figure 2 shows 

the surface temperature measurements used as the boundary 

conditions at the canister for the thermal model. The 

measurements are taken with a constant current (CC) discharge 

(using a Maccor cycler) for three C-rates of 0.3, 0.7, and 1 and 

by using the fibre optic sensors placed at the cell surface and core 

(also shown in Figure 1). To monitor surface and core 

temperature measurements, Coherent Optical Frequency 

Domain Reflectometry (C-OFDR), a sort of Rayleigh scattering 

based distributed fibre optic sensor (DFOS), is used (as 

explained by Yu et al. in [16]). The system was placed within an 

Espec thermal chamber to maintain a constant reference (as well 

as ambient) temperature of 298.15 K. Temperature sensor 

calibration using a platinum resistance thermometer (PRT) (with 

an accuracy of ±0.15 K) resulted in a standard deviation of 0.27 

K [16]. As was expected, the higher C-rate generated a higher 
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temperature increase. It should be noted that, for all the curves, 

the temperature drops near the cut-off voltage of 2.5 V and 

before the current is set to zero. 

 
Figure 2 Surface temperature data at different C-rates of 

0.3, 0.7, and 1 used as boundary conditions in the model 

 
Table 1 Input parameters and values used in the model. 

Symbol Description value 

𝑑𝑐𝑎𝑛 Thickness of battery canister 0.25 (mm) 

𝑟𝑏𝑎𝑡𝑡 Battery radius 10.5 (mm) 

ℎ𝑏𝑎𝑡𝑡 Battery height 70 (mm) 

𝑟𝑚𝑎𝑛 Hollow mandrel radius 2 (mm) 

𝐿𝑛𝑒𝑔 Length of negative electrode 85.2 (𝜇𝑚) [7] 

𝐿𝑠𝑒𝑝 Length of separator 12 (𝜇𝑚) [7] 

𝐿𝑝𝑜𝑠 Length of positive electrode 75.6 (𝜇𝑚) [7] 

𝐿𝑛𝑒𝑔,𝑐𝑐 Negative current collector thickness 12 (𝜇𝑚) [7] 

𝐿𝑝𝑜𝑠,𝑐𝑐 Positive current collector thickness 16 (𝜇𝑚) [7] 

𝑘𝑇𝑝𝑜𝑠 Positive electrode thermal conductivity 1.58 (W/m.K) 

𝑘𝑇𝑛𝑒𝑔  Negative electrode thermal conductivity 1.04 (W/m.K) 

𝑘𝑇𝑛𝑒𝑔,𝑐𝑐 Negative current collector thermal conductivity 398 (W/m.K) 

𝑘𝑇𝑠𝑒𝑝 Separator thermal conductivity 0.344 (W/m.K) 

𝜌𝑝𝑜𝑠 Positive electrode density 4870 (kg/m3) [7] 

𝜌𝑛𝑒𝑔 Negative electrode density 2300 (kg/m3) [7] 

𝜌𝑝𝑜𝑠,𝑐𝑐 Positive current collector density 2770 (kg/m3) 

𝜌𝑛𝑒𝑔,𝑐𝑐 Negative current collector density 8933 (kg/m3) 

𝜌𝑠𝑒𝑝 Separator density 1009 (kg/m3) 

𝐶𝑝,𝑝𝑜𝑠 Positive electrode heat capacity 840.1 (J/kg·K) 

𝐶𝑝,𝑛𝑒𝑔 Negative electrode heat capacity 1437.4 (J/kg·K) 

𝐶𝑝,𝑝𝑜𝑠,𝑐𝑐 Positive current collector heat capacity 875 (J/kg·K) 

𝐶𝑝,𝑛𝑒𝑔,𝑐𝑐 Negative current collector heat capacity 385 (J/kg·K) 

𝐶𝑝,𝑠𝑒𝑝 Separator heat capacity 1978.2 (J/kg·K) 

𝑇𝑖𝑛𝑖𝑡 Initial temperature 298.15 (K) 

𝑄𝑏𝑎𝑡𝑡 Cell capacity 5 (Ah) [7] 

 

    Table 1 lists the input parameters and values associated with 

the cell geometry, thermophysical, and material properties as 

well as initial values used in the model. The initial values of 

ohmic overpotential at 1C, 𝜂𝐼𝑅,1𝐶, dimensionless charge 

exchange current, 𝐽0, and diffusion time constant, 𝜏 are obtained 

from a sweep study of prepared model. These initial values were 

used in the curve fitting to calibrate the model. As most of the 

input parameter values are not available in the datasheet of 

LGM50 21700 5Ah cell, the values are taken from an empirical 

study by Warwick Manufacturing Group (WMG) on the cell 

parameterisation of this cell [7]. The positive electrode is 

LiNi0.8Mn0.1Co0.1O2 and the negative electrode is graphite-SiOx. 

For a few cases, the values are estimated based on existing 

information in literature. 

 

RESULTS AND DISCUSSION 
     Commercial software, COMSOL Multiphysics® version 5.6, 

was used to carry out numerical simulations. The solution was 

obtained using MUMPS direct time-dependent solver with a 

time step selection of 1 second. To calibrate the model, the 

parameter fitting is performed only for the load data set 

containing discharge at 1C. The fitting parameters of ohmic 

overpotential at 1C, dimensionless charge exchange density, and 

diffusion time were obtained by employing nonlinear least 

square regression (global least-square objective was set for the 

cell potential) using the Levenberg-Marquardt algorithm. 

 

 
Figure 3 Results associated with the calibrated model at 1 

C-rate: a) the predicted cell potential versus the experimental 

voltage for the shown constant current discharge and OCV, and 

b) the predicted temperature against the measurements. 

 

Figure 3 shows the predicted cell potential (Fig 3a) and core 

temperature (Fig 3b) at 1C against the associated experimental 

measurements. The achieved fitting parameter values are 

𝜂𝐼𝑅,1𝐶 = 80 𝑚𝑉, 𝐽0 = 0.11, and 𝜏 = 5500 𝑠. To achieve better 

fitting accuracies, the lumped battery model requires input 

parameters of the 𝐸𝑂𝐶𝑉,𝑟𝑒𝑓(𝑆𝑂𝐶)  and 
𝜕𝐸𝑂𝐶𝑉(𝑆𝑂𝐶)

𝜕𝑇
 in equations (1) 

and (2), respectively. For this, experimental results for 1C are 

used. The temperature derivatives of the open circuit voltage are 

obtained using different difference schemes of first and second 

order. However, when all the schemes were compared, a 2 per 

cent enhancement in the accuracy of the cell potential standard 

deviation was achieved by using a second-order forward 

difference scheme as follows: 

(a) 

(b) 
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𝜕𝐸𝑂𝐶𝑉(𝑆𝑂𝐶)

𝜕𝑇
≈

𝐸𝑂𝐶𝑉,𝑖+2−4𝐸𝑂𝐶𝑉,𝑖−1+3𝐸𝑂𝐶𝑉,𝑖

2𝛿𝑇
, 2nd order forward     (18) 

     Table 2 shows the results of a mesh independence study that 

compared the maximum core temperatures at different discharge 

C-rates (with the same fitting parameters) with total grid 

numbers of 48, 174, and 468. The associated total number of 

DOFs solved are included. As can be seen, for all C-rates, the 

variation in maximum core temperature between mesh counts of 

178 and 468 is negligible. The converged element count was 

chosen to correspond to the lowest mesh count which gave a 

maximum absolute temperature-change of less than 0.1%. 

Therefore, the mesh count of 468 satisfies this criterion for three 

C-rates. It is noteworthy that the mesh convergence for the case 

at 1 C-rate is met for a mesh count of 174. 

 

Table 2 Maximum core temperature vs. grid element count. 
Discharge 

 C-rate 

Max predicted core temperatures (K) and Number of DOFs 

solved for (N. DOFs) 

Fitting par.: 𝜂𝐼𝑅,1𝐶 = 80 𝑚𝑉, 𝐽0 = 0.11, and 𝜏 = 5500 𝑠 

Element count:48 

N. DOFs:236 

Element count:174 

 N. DOFs:778 

Element count:468 

 N. DOFs:2006 

1 C 309.63 309.38 309.30 

0.7 C 303.22 303.60 303.58 

0.3 C 301.08 300.10 300.37 

 

     Table 3 represents the cell voltage and core temperature 

standard deviations as well as computational time for all the 

mesh counts. Each simulation takes between 5 and 18 seconds 

(depending on the mesh counts) by using an Intel® Xeron® Gold 

6226R (2.90GHz) processor and 64 GB RAM. To check the 

generalisation of the model, the fitting parameters found for the 

1 C-rate data were attempted in the simulation of the discharge 

cases of 0.7 and 0.3 C-rates. To make room for inspection, two 

standard deviations of fitting, 𝜎𝑓𝑖𝑡𝑡, and validation, 𝜎𝑣𝑎𝑙, are 

defined in Table 3. 𝜎𝑓𝑖𝑡𝑡 indicates the calculated standard 

deviations for the fitting process of 1 C-rate data set, and 𝜎𝑣𝑎𝑙, 

represents the standard deviations of the validation data set of 

0.7 and 0.3 C-rates. For 468 mesh elements simulation, the core 

temperature and cell voltage standard deviations at 1C (i.e. 

fitting) are respectively 0.7866 K and 0.1199 V. 

 

Table 3 Standard deviations for core temperature and cell 

potential vs. grid element count. 

S
tan

d
ard

 

d
ev

iatio
n

 o
f: 

C
-rate 

Standard deviations (fitting at 1 C-rate and validation at 

0.3 and 0.7 C-rates) for core temperature (K), cell 

potential (V), and computational time (CT) 

(𝜼𝑰𝑹,𝟏𝑪 = 𝟖𝟎 𝒎𝑽, 𝑱𝟎 = 𝟎. 𝟏𝟏, and 𝝉 = 𝟓𝟓𝟎𝟎 𝒔) 

Mesh elements 

48, CT=5s 

Mesh elements 

174, CT=8s 

Mesh elements 

468, CT=18s 

𝜎𝑓𝑖𝑡𝑡 1 C 0.7972, 0.1199 0.8043, 0.1197 0.7866, 0.1199 

𝜎𝑣𝑎𝑙 0.7 C 0.3714, 0.1171 0.3140, 0.1139 0.3123, 0.1139 

𝜎𝑣𝑎𝑙 0.3 C 0.2873, 0.0981 0.2784, 0.0965 0.2724, 0.0969 

 

     Figure 4 and Figure 5 show the validation results for the cell 

potential and the core temperature simulations respectively at 0.7 

and 0.3 C-rates. As can be seen, the calibrated model for fitting 

parameters at 1C was successfully used in the prediction of load 

and temperature curves at 0.7 and 0.3 C-rates, which offers 

strong generalisation. By contrast, in a calibrated P2D model for 

the same commercial cell by Chen et al [7], different diffusion 

coefficient values were set when the C-rates in the simulations 

varied. In terms of accuracy, the RMS errors reported by Chen 

et al. [7] are however better which is as a result of using the high-

fidelity P2D model (P2D RMSE: 46 mV and the current lumped 

model RMSE: 100 mV). The simulation times, however, are not 

reported in their work. In another recent study by O'Regan et al. 

[17], a DFN cell model is coupled with a 0D thermal model to 

predict the surface temperatures of an M50 21700 cell (not the 

core temperature). It is reported that the simulations take 

between 10 and 20 minutes (between 33 and 240 times longer 

than the lumped model simulations here). Furthermore, the 

achieved cell voltage RMSE is 0.14 V when the Chen et al. [7] 

parameter set is used and 0.10 V for O'Regan et al. [17] updated 

parameter set. This is similar to the aforementioned RMSE of 

100 mV for the lumped model in this study. O'Regan et al. [17] 

have not reported the RMSE or standard deviations for their 

surface temperature predictions. By inspecting the provided 

results, however, the standard deviations in [17] should be 

similar to the lumped model standard deviations in Table 3.  

 
Figure 4 Validation results when the model is tested for the 

data at 0.7 C-rate against the experimental measurements: a) the 

predicted cell potential voltage for the shown constant current 

discharge and OCV, and b) the predicted temperature. Peak 

times are closely aligned.  

 

     As can be seen in Table 3, the core temperature and cell 

voltage standard deviations at 0.7C are 0.3123 K and 0.1139 V. 

The associated standard deviations at 0.3 are 0.2724 K and 

0.0969 V. There are reductions in the standard deviations from 

1C to 0.3C. These reductions are due to the smaller temperature 

gradients in the experimental data points of the lower C-rate 

results. Furthermore, there are more experimental data points 

(higher resolution) for lower C-rates considering the fixed 

sample rate. The high prediction accuracy along with the fast 

computational time of the calibrated model here, therefore, offer 

(a) 

(b) 
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potentially promising applications to future model-based thermal 

management systems. 

 

 
Figure 5 Validation results when the model is tested for the 

data at 0.3 C-rate against the experimental measurements: a) the 

predicted cell potential voltage for the shown constant current 

discharge and OCV, and b) the predicted temperature. 

CONCLUSIONS  
     Numerical simulations have been undertaken to investigate, 

for the first time, the model requirements of a thermal-

electrochemical model of a high-energy 2170 cell with core 

temperature prediction capabilities. In this regard, a 0D lumped 

semi-empirical cell model is coupled with a 2D axisymmetric 

thermal model. An experimental data set containing a range of 

C-rates (i.e. 0.3, 0.7 and 1) during constant current discharge of 

the cell has been used for calibration and validation of the model. 

The cell is instrumented with a fibre sensing sensor to measure 

the surface and core temperatures. The surface temperature 

measurements at the canister are used as boundary conditions for 

the thermal model, and the experimental OCV data are used as 

inputs to the lumped model. The parameter fitting is conducted 

to calibrate the model using only the experimental results at 1C. 

Then, it is validated against a different set of data for 

measurements at 0.7 and 0.3 C-rates. The fitting and validation 

standard deviations for cell voltages and core temperatures as 

well as the computational time are fully defined. The main 

conclusions are: 

• The calibrated model at 1C showed strong generalisation for 

the constant current discharges at 0.3 and 0.7 C-rates. The 

existing high-fidelity models of P2D in the literature have 

better RMSEs for cell potential but do not offer such 

generalisation. 

• The developed model predicts the cell potential and core 

temperature results within 18 seconds. That is between 33 

and 240 times faster than computational times reported in 

the literature for a calibrated model of a similar commercial 

cell (which only predicts surface temperature). 
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ABSTRACT 
Recent demands for replacement of commonly used 

halocarbons by environmentally friend refrigerants have led to 

the use of hydrocarbons, such as R600a, R1270, and R290, in 

domestic and commercial refrigeration and air-conditioning 

applications. In the present paper, heat transfer results obtained 

in recent studies for the flow boiling and convective 

condensation of R600a, R1270 and R290 are presented. Results 

obtained for mixtures of these refrigerants are also shown. 

These data are compared against results obtained for R134a 

under similar experimental conditions. Experiments were 

performed for mass velocities ranging from 50 to 300 kg/m2s, 

heat fluxes from 0 to 30 kW/m2 for boiling and 0 to 60 kW/m2 

for condensation, and vapor qualities from 0 to the unity. Flow 

boiling experiments were performed at a temperature of 5oC, 

while convective condensation at 35oC. In general, it was 

noticed a better performance for the hydrocarbons and their 

mixtures compared to R134a. This indicates that they are 

competitive and suitable candidates for replacing 

hydrofluorocarbons in domestic and commercial refrigeration 

and air-conditioning. 

INTRODUCTION 

International agreements signed in the last decades, such as 

the Kyoto and Montreal protocols and the Kigali Amendment 

to the Montreal Protocol, set a phase out for commonly used 

hydrofluorocarbons (HFCs) due to their GWP (Global 

Warming Potential) and/or ODP (Ozone Depletion Potential) 

[1]. Candidates for the replacement of these refrigerants include 

natural fluids, such as hydrocarbons, ammonia, and CO2, and 

the newly developed olefin-based fluids (HFOs). 

As pointed out by Moreira et al. [1] in their recent literature 

review, the hydrocarbons R600a, R290, and R1270 are suitable 

replacements for R134a in domestic and commercial 

refrigeration and air-conditioning applications. These authors, 

Lorentzen [2] and Mohanraj et al. [3] indicated that R290 and 

R1270 are suitable replacements for R22 in low-temperature 

applications (T<-30oC), e.g., freezing tunnels. In higher 

temperature applications, T>-12oC, and smaller systems 

operating at -30oC<T<-12oC, e.g., domestic refrigerators and 

vending machines, R600a is a suitable replacement for R134a. 

When operating in larger systems like big freezers at -

30oC<T<-12oC the use of R600a is not recommended, once its 

pressure inside the evaporator becomes less than the 

atmospheric one, leading to the risk of air infiltration into the 

system. The use of R290 or R1270 to directly replace R134a 

under the above-mentioned conditions is also not 

recommended, once it leads to higher pressures in the system 

and higher temperatures at the outlet of the compressor. These 

factors can lead to the risk of leakages and severe damage to 

the compressor, as local higher temperatures can carbonize the 

oil and be harmful to the sealing gaskets.  

A reasonable solution to the problems found in applications 

regarding -30oC<T<-12oC is the use of hydrocarbons mixtures 

[1,4]. By adjusting the concentration of the components, it is 

possible to control the pressure inside the evaporator to be 

above atmospheric, while keeping the pressure inside the 

condenser and the temperature at the outlet of the compressor 

under reasonable levels. The downside of using mixtures is the 

reduction of the heat transfer coefficient under flow boiling and 

convective condensation conditions in the case of they being 

zeotropic, as it occurs for hydrocarbons mixtures. Such a 

reduction occurs due to concentration gradients associated with 

the different volatility of the components. This causes a 

reduction in the frequency of bubble nucleation, in the case of 

boiling, and generates a mass transfer resistance within the 

liquid film in annular flows that decreases the 

condensing/evaporating flux. 

In general, authors had found similar heat transfer 

coefficient behaviors with varying experimental parameters 

such as mass velocity, G, vapor quality, x, heat flux, q, and 

temperature compared to previous studies for halocarbons for 

both boiling [5–7] and condensation [8–10]. Despite the 

similarity in the behaviors, higher heat transfer coefficients 

were observed for the hydrocarbons compared to the 

halocarbons. Moreover, the transition to shear-driven heat 

transfer was noticed at lower G for the hydrocarbons. This was 

generally associated with their higher vapor specific volume 

compared to halocarbons. 

With regards to the mixtures, in general, similar behavior 

was noticed for the mixtures compared to the pure 

hydrocarbons with varying G, x, q, and T [4,5,11,12]. 

Differences were noticed only by Macdonald and Garimella 

[4], which noticed a flattening in the slope of the heat transfer 

coefficient with quality at high x in their condensation 

experiments. It is worth highlighting that the same was noticed 
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in the data to be used in the present study for both boiling [13] 

and condensation [14] conditions. 

Despite in general lower heat transfer coefficients were 

noticed for the mixtures compared to the pure hydrocarbons, 

studies have shown that these are still higher than the heat 

transfer coefficient obtained for the halocarbons [4,5,11,12]. 

This indicates that the mixtures are a promising solution for the 

replacement of R134a at -30oC<T<-12oC. It is worthwhile 

mentioning that, as pointed out by Moreira et al. [1], the 

number of studies available in the literature regarding the flow 

boiling and convective condensation of hydrocarbons is very 

restricted. Moreover, a limited range of experimental conditions 

has been tested, which rarely overlap among different studies. 

Moreira et al. [1] also pointed out the discrepancy in the data 

gathered from independent studies.  

Even though previous results for hydrocarbons and their 

mixtures make them promising for the replacement of 

halocarbons, the absence of a large database does not allow to 

characterize the performance of prediction methods for the heat 

transfer coefficient. These are essential in the optimum 

development of systems having the minimum of refrigerant, a 

critical factor when designing equipment with a flammable 

fluid such as hydrocarbons.  

The present paper provides a discussion on the suitability 

and heat transfer performance of hydrocarbons as substitutes of 

commonly used halocarbons in domestic and commercial 

refrigeration and air-conditioning. Such discussion is based on 

previous heat transfer results obtained during convective 

condensation [14] and flow boiling [13] at the Heat Transfer 

Research Group from the University of Sao Paulo. Data was 

gathered for R600a, R290, and R1270, and their mixtures 

(R600a/R290, 70/30% molar fraction, and R600a/R1270, 

25/75% molar fraction). The composition of the mixtures was 

chosen to present similar evaporation (bubble point, for the 

mixtures) temperature at atmospheric pressure to R134a while 

reducing the condensation pressure and temperature at the 

discharge of the compressor compared to the pure R1270 

(reduction of 26°C in the discharge temperature) and R290 

(reduction of the 19°C in the discharge temperature) under 

similar operating conditions. 

NOMENCLATURE 
 
d [m] Diameter 

FS [-] Full scale 
G [kg/m2s] Mass velocity 

GWP [-] Global Warming Potential 
ODP [-] Ozone Depletion Potential 

HTC [kW/m2K] Heat transfer coefficient 

L [m] Length from the beginning of the test section 
m [kg/s] Mass flow rate 

p [kPa] Pressure 
q [kW/m2] Heat flux 

T [oC] Temperature 

V [m3/s] Volumetric flow rate  
v [m3/kg] Specific volume 

x [-] Vapor quality 
 

Special characters 

Δp [kPa] Pressure drop 

µ [Pa.s] Viscosity 

ρ [kg/m3] Density 

 
Subscripts 

ext  External 

f  Fluid 

i  Local 

int  Internal 
l  Liquid 

v  Vapor 
w  Water 

EXPERIMENTAL APPARATUS 
 

Figure 1 shows a schematic of the experimental facility 

used in this study. In it, the refrigerant was driven by one of 2 

gear pumps (A, micropump GD 223/56C for high mass fluxes, 

and B, micropump GC M23 JKS5 for low mass fluxes). 

Downstream the pumps the refrigerant passed through a 

Coriolis mass flow meter (TRIRCOR TCM-5500) and tube-in-

tube heat exchanger, used to guarantee subcooled conditions at 

the inlet of the pre-heater. The pre-heater consisted of a tube-in-

tube counter current heat exchanger. Hot water flowed in the 

annuli and the refrigerant in the inner tube.  

 

 

Figure 1 Schematic of the experimental apparatus. 

Downstream the pre-heater the refrigerant passed through a 

2 m long stabilization section and entered the test section. The 

test section, schematically shown in Fig. 1, consisted of a 

counter-current tube-in-tube heat exchanger, with both tubes 

made of stainless-steel 304. Hot/chilled water flowed in the 

annuli and the refrigerant in the inner tube (ID of 9.43 mm). 

Hot water was used for the flow boiling and chilled water for 

the convective condensation experiments. In the test section, 

water and refrigerant temperature measurements were 

performed at the inlet and outlet, and absolute pressure at the 

inlet. The pressure drop was measured by one of 3 differential 

pressure transducers (Endress-Hauser PMD75, 0-3, 0-10, and 
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0-300 kPa) depending on the experimental condition. Four 

measurement sections equally spaced along the test section 

were used for the heat transfer coefficient measurements. Each 

one of them had four water, one wall, and one refrigerant 

temperature measurements. 

After the test section, the refrigerant passed through a 

visualization section and entered the condenser, where it was 

condensed and subcooled before returning to the pumps, 

closing the circuit. Look at Refs. [13,14] for more details about 

the loop. 

Along the loop, except by the water inlet and outlet of the 

test section, which temperature was measured by thermistors 

from FLUKE Corp. (CSP60BA103M-H/2-90 4-wire, accuracy 

of 0.01°C), all temperatures were measured through K-type 

thermocouples with hot junction diameter of 0.254 mm from 

Omega Inc., and absolute pressure by transducers from Danfoss 

Inc. (model 060 G3043, range 0-2500 kPa). Electromagnetic 

flow meters (Rosemount, 8711) were used to evaluate the flow 

rate of water at the pre-heater and test section.  A LabView [15] 

program connected to a National Instruments data acquisition 

system (chassis SCXI-1000 associated with the modules SCXI-

1303, SCXI-1302, and SCXI-1112) was used to record the data, 

and monitor, and control the experimental apparatus. 

 

Data regression procedures 

 
The mass velocity was calculated as the ratio of the cross-

section area of the inner tube of the test section and the 

refrigerant mass flow rate. The local heat transfer coefficient, 

HTC, in each one of the measurement sections was estimated 

by the Newton’s cooling law, as follows: 

 

 
                  (1) 

 

where qi is the local heat flux, Tw,i the local wall temperature, 

estimated considering effects of radial conduction through the 

test section tube, and Tf,i the local measured fluid temperature. 

The local heat flux was calculated through local energy 

balances over discrete elements along the test section on the 

water side. Details about the local heat flux estimation 

procedure, including heat losses calculations, can be found in 

Refs. [13,14]. 

The local thermodynamic vapor quality, x, in each 

measurement section was calculated based on the local 

pressure, temperature, and enthalpy. The last was estimated 

from energy balances along the test section between the water 

and refrigerant sides. The local pressure was calculated by 

weighting the measured pressure drop along the test section 

according to its length, and the distance from the respective 

measurement section and the test section inlet and subtracting it 

from the inlet pressure. The data regression and analysis are 

performed in a program developed in Matlab [16], in which the 

fluid properties are obtained from Coolprop [17]. 

Care was taken in charging the experimental facility with 

the mixtures to guarantee the desired concentration at the test 

section. See Refs. [13,14] for details on the refrigerant charging 

procedure. 

 

Uncertainty analysis and validation 

 
Temperature measurements performed along the loop 

(except by the ones in the test section) were calibrated using a 

thermal bath (Haake AC200-A40) associated with a precision 

thermometer (FLUKE-1523-P1, probe 5616 PRT, uncertainty 

of 0.011°C). The calibration was performed in loco for the 

thermocouples located in the test section. Water flowed in the 

annular section with vacuum inside the inner tube. In this case, 

the reference temperature was considered as the average 

between the measured values by the thermistors (0.02°C 

maximum measured difference between them during the 

calibration tests). The uncertainties of the temperature 

measurements by the thermocouples were estimated according 

to the procedure suggested by Abernethy and Thompson [18]. 

Similar calibration procedures were adopted for the absolute 

pressure transducers, using as a reference a pressure indicator 

(WIKA Ltd. CPG 2500, 0-2000 kPa). The uncertainty of the 

measurements provided by the manufacturers was adopted for 

the differential pressure transducers, magnetic flow meters, 

Coriolis mass flow meter, and thermistors. The uncertainty of 

calculated parameters was obtained using the method of 

sequential perturbation as proposed by Taylor and Kuyatt [19]. 

A summary of the experimental uncertainties is shown in Table 

1. 
Table 2 – Experimental uncertainties. 

Parameter Uncertainty 

T (thermocouples) 0.05°C 

T (thermistors) 0.01°C 

Vw 0.25% 

dint 0.1 mm 

dext 0.1 mm 

x 0.06 

L 0.5 mm 

p 0.231 kPa 

Δp 0.075%FS 

m 0.1% 

HTC* 6% 
         *average value; **used in the calibration process; FS – Full Scale 

 

Single-phase flow heat transfer experiments were performed 

for R134a under similar experimental conditions to that of the 

boiling and condensation experiments. These data were 

compared against the prediction method by Gnielinski [20], 

showing reasonable results, as shown in Fig. 2. 

RESULTS  

 
The results presented here were obtained by Moreira et al. 

[14] and Oliveira et al. [13] in previous studies from the Heat 

Transfer Research Group at the University of Sao Paulo. 

Further analysis of these results can be there found.  

Experiments were performed for the heat transfer coefficient of 

R134a, R1270, R290, R600a, R600a/R290 (70/30% molar 

fraction), and R600a/R1270 (75/25% molar fraction) at a 
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saturation temperature (bubble point) of 5oC for the flow 

boiling experiments and (dew point) of 35oC for the convective 

condensation ones. Mass velocities ranged from 50 to 300 

kg/m2s and 50 to 250 kg/m2s, and heat fluxes from 10 to 30 

kW/m2 and 10 to 60 kW/m2 for the flow boiling and convective 

condensation experiments, respectively. Data were obtained for 

vapor qualities from 0 to the unity. 

 

 

Figure 2 Comparison between the experimental heat transfer 

coefficient obtained during a) convective condensation and b) 

flow boiling against predictions from the method of Gnielinski 

[20]. 

Flow boiling 

 

Figures 3 and 4 show that the heat transfer coefficient 

increases with increasing heat flux and mass velocity. Prior to 

the onset of dryout, i.e., x<xdry, shown in the figures by arrows, 

the behavior of the heat transfer coefficient with increasing x 

depended on mass velocity and heat flux. Despite not being 

shown here, negligible variations of the heat transfer coefficient 

were noticed with increasing quality up until x>xdry for G=50 

kg/m2s. Similar behavior is noticed in Fig. 3-b). This is 

typically associated with heat transfer being dominated by 

nucleate boiling effects [21,22]. 

In Fig. 3 it is noticed that reducing the heat flux causes a 

change in the behavior of the heat transfer coefficient with x for 

the hydrocarbons. The increasing trend of the heat transfer 

coefficient with increments in x up to xdry was associated with 

heat transfer being dominated by convective effects. It is 

interesting noticing that the results for R134a are almost flat in 

Fig. 3 for G=100 kg/(m2s) and q=10 kW/m2, indicating that the 

heat transfer was dominated by nucleate boiling effects even at 

lower heat fluxes. Such behavior was associated with the lower 

vapor specific volume for the R134a compared to the 

hydrocarbons, which diminished convective effects. 

Figure 4 shows heat transfer coefficient behaviors 

associated with convective effects regardless of x and q that at 

G≥200 kg/m2, i.e., the heat transfer coefficient increases with x. 

Such behavior is typical of an early transition to annular flow 

pattern compared to lower mass velocities. During annular flow 

pattern significative velocity gradients occur near the channel 

wall, which are intimately associated with the relevance of 

convective effects. It is worthwhile mentioning that nucleate 

boiling effects were not fully suppressed, as shown by the 

increase in the heat transfer coefficient with increasing heat 

flux noticed in Fig. 4. 

It is noticed in Figs. 3 and 4 that higher heat transfer 

coefficients occur for the hydrocarbons compared to the R134a 

under conditions dominated by convective effects, i.e., 

0.3<x<xdry. These figures show that the maximum difference 

occurred at x=xdry. Such behavior was associated with fluid 

properties of R134a compared to the hydrocarbons. The 

hydrocarbons present higher vapor specific volumes (νv), 

especially R600a, which shows νv around 3 times higher than 

that of R134a. This implied in higher void fractions and, 

consequently, flow velocities at similar G and x, increasing the 

heat transfer coefficient under heat transfer conditions 

dominated by convective effects. 

 

 

Figure 3 Flow boiling heat transfer coefficient of R290, 

R1270, R600a and R134a at G=100 kg/m2s, T=5oC and, (a) 

q=10 kW/m2 and (b) q=30 kW/m2
 [13]. 

 
In general, the difference in the heat transfer coefficient for 

the hydrocarbons compared to the R134a decreased with heat 

flux. This behavior indicates that the R134a is more sensitive to 
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heat flux as compared to the hydrocarbons, as expected due to 

its lower enthalpy of vaporization. 

 

 

Figure 4 Flow boiling heat transfer coefficient of R290, 

R1270, R600a and R134a at G=200 kg/m2s, T=5oC and, (a) 

q=10 kW/m2 and (b) q=30 kW/m2 [13]. 

 
Among the hydrocarbons, slightly higher heat transfer 

coefficients were found for R290 and R1270 compared to 

R600a under nucleate boiling dominant heat transfer conditions 

(G=50 kg/m2s and G=100 kg/m2s at q=30 kW/m2). Such 

behavior was related to their (R290 and R1270) lower surface 

tension, which reduces the average bubble departure diameter, 

increasing bubble detachment frequency, and, consequently, 

nucleate boiling effects. It also corroborated to this the higher 

liquid thermal conductivity of R290 and R1270. 

Higher heat transfer coefficients were noticed for R600a 

under conditions where convective effects were dominant. Such 

behavior was also associated with the difference in fluid 

properties. Indeed, R290 and R1270 present similar properties, 

which was likely the reason for the similarity in the heat 

transfer coefficient values and behaviors presented by these 

fluids. The higher vapor specific volume of R600a associated it 

with higher flow velocities and, consequently, higher heat 

transfer coefficients under convective effects dominated 

conditions. R600a also presents a higher liquid-to-vapor density 

ratio, which implied in higher void fraction values and, 

consequently, thinner liquid films when compared to R290 and 

R1270. In annular flows, the main thermal resistance is the 

conduction through the liquid film, therefore, thinner liquid 

films are associated with lower values of thermal resistances, 

and, consequently, higher heat transfer coefficients. 

Similar behavior to the one noticed for the pure fluids is 

shown by the mixtures in Figs. 5 and 6. In general, a drop in the 

heat transfer coefficient for the mixtures under low to 

intermediary x was noticed under conditions dominated by 

nucleate boiling effects, i.e., q=30 kW/m2. As the more volatile 

component presented a higher evaporation rate, the 

concentration of the less volatile component of the mixture in 

the liquid region near the bubble triple line increased, reducing 

the overall evaporation rate. Also, concentration gradients 

occurred near the triple line, generating a mass transfer 

resistance for the diffusion of the high volatile component from 

the bulk into the triple line region [5]. These effects acted to 

reduce the bubble nucleation frequency and, consequently, the 

heat transfer coefficient related to nucleate boiling, being 

associated with the drop noticed in Figs. 5-b) and 6-b) under 

low vapor quality conditions. It is worthwhile mentioning that a 

null effect of concentration gradients was noticed for x<0.3 at 

low heat fluxes. This was associated with the fact that nucleate 

boiling does not play a major role in the heat transfer. Also, 

churn or intermittent flow patterns were verified. These 

improve the mixing of the components, reducing mass transfer 

effects. 

The effect of the concentration gradients is also noticed in 

Figs. 5 and 6 under conditions associated with the dominance 

of convective effects, i.e., intermediary to high x. This is 

noticed in the figures by the flattening in the heat transfer 

coefficient slope for the mixtures compared to the pure fluids at 

x>0.3. During annular flow pattern, observed under these 

conditions, the more volatile component evaporates first, 

reducing its local concentration. This causes an increase in the 

local concentration of the less volatile component in the liquid 

film, reducing the evaporation rate and generating a mass 

transfer resistance for the diffusion of the more volatile 

component within the liquid film, thus causing a reduction in 

the heat transfer coefficient [23], as noticed in the present 

study.  

In general, comparing Figs. 5 and 6 with Figs 3 and 4 it can 

be indicated that higher heat transfer coefficients occurred for 

the mixtures compared to R134a. This was noticed even though 

eventual drops in the heat transfer coefficient for the mixtures 

compared to the pure hydrocarbons. 

Figures 3 to 6 show steep drops in the heat transfer 

coefficient with discrete increments in quality under post 

dryout conditions, i.e., x>xdry. Such behavior was noticed 

regardless of refrigerant, mixtures included, showing, in 

general, similar heat transfer coefficients. 
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Figure 5 Flow boiling heat transfer coefficient of R290, 

R600a and mixture of R600a/R290 at G=100 kg/m2s, T=5oC 

and, (a) q=10 kW/m2 and (b) q=30 kW/m2 [13]. 

 

Convective condensation 

 

Different from what was seen in the flow boiling 

experiments, a negligible effect of heat flux was noticed in the 

heat transfer coefficient during convective condensation. 

Figures 7 and 8 show an increase in the heat transfer 

coefficient with increasing x regardless of experimental 

condition and hydrocarbon. This behavior is typical of shear-

driven condensation, even though gravitational-driven flow 

patterns were visually observed during the experimental 

campaign at G<100 kg/m2s [14]. These figures also show 

steeper heat transfer coefficient gradients with increasing 

quality as G increases. This behavior was associated with larger 

increments in drift velocity and, consequently, interfacial shear, 

as x increases at higher G. 

Fully gravitational-driven condensation was noticed only 

for R134a at G<100 kg/m2s. Figure 7-b) shows that the heat 

transfer coefficient for this fluid is not affected by changes in x. 

As G increases, shear effects were enhanced, overlaying 

gravitational ones and, consequently, causing the heat transfer 

coefficient to increase with increasing x for the R134a. Indeed, 

as for hydrocarbons, steeper heat transfer coefficient 

increments with increasing x were noticed with rising G. 

 

 

Figure 6 Flow boiling heat transfer coefficient of R290, 

R600a and mixture of R600a/R290 at G=200 kg/m2s, T=5oC 

and, (a) q=10 kW/m2 and (b) q=30 kW/m2 [13]. 

The difference in the heat transfer coefficient behavior 

observed for the hydrocarbons and R134a with increasing x at 

different G was associated with the difference among fluid 

properties. The hydrocarbons present lower ρv, ρl, and µl 

compared to R134a. These properties differences were 

responsible for shifting the condensation process from shear-

driven to gravitational-driven for the hydrocarbons under 

similar conditions where gravitational-driven condensation was 

noticed for the R134a. 

 Figures 7 and 8 show that the heat transfer coefficient 

increases with increasing mass velocity for every tested 

refrigerant. Such behavior was associated with the increase in 
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fluid velocity and, consequently, interfacial and wall shears as 

G increases. 

 

 

Figure 7 Convective condensation heat transfer coefficient 

of R290, R1270, R600a and R134a at (a) G=50 kg/m2s and (b) 

G=100 kg/m2s, T=35oC [14]. 

In general, similar heat transfer coefficients are shown in 

Figs. 7 and 8 for the hydrocarbons. Among them, both R290 

and R1270 presented similar heat transfer coefficients and 

trends regardless of G and x. As indicated in the flow boiling 

section, these fluids present very similar properties, which was 

likely the reason for their close results. A difference in the heat 

transfer coefficient among the hydrocarbons was only noticed 

at G≤100 kg/m2s. Figure 7-b) shows steeper increments in heat 

transfer coefficient with quality for R600a compared to R1270 

and R290. Lower heat transfer coefficients are noticed in Fig. 

7-a) (G=50 kg/m2s) for R600a compared to R290 and R1270 at 

x<0.5, and in Fig. 8-a) (G=100 kg/m2s) for x<0.4. With 

increasing quality, the heat transfer coefficient for R600a 

reached similar values to R1270 and R290, and even surpassing 

them for G=100 kg/m2s. Such behavior for R600a was 

associated with its higher ρl and ρl/ρv compared to R1270 and 

R290, which resulted in lower two-phase flow velocities under 

low vapor quality conditions, and higher void fraction values. 

The lower heat transfer coefficients noticed for R600a at low 

vapor qualities and G≤100 kg/m2s were related to the low flow 

velocities caused by its higher ρl. 

 

 

Figure 8 Convective condensation heat transfer coefficient 

of R290, R1270, R600a and R134a at (a) G=200 kg/m2s and (b) 

G=250 kg/m2s, T=35oC [14]. 

 

Figures 7 and 8 also show, in general, higher heat transfer 

coefficients for the hydrocarbons compared to R134a. As 

noticed in the flow boiling experiments, such difference 

increased with increasing quality and mass velocity due to the 

higher specific volumes presented by the hydrocarbons. 

Similar behaviors with increasing G are noticed for the 

mixtures compared to the pure hydrocarbons in Figs. 9 and 10. 

At G=100 kg/m2s, Figure 9-a) shows similar heat transfer 

coefficients for R600a/R290 and R600a at x<0.5, while slightly 

lower values are noticed in Fig. 9-b) for R600a/R1270 

compared to R600a at x<0.3. It is worthwhile mentioning that 

according to the model of Silver [24]-Bell and Ghaly [25], 
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higher mass transfer resistances were expected for 

R600a/R1270 compared to R600a/R290 due to the higher 

volatility of R1270. As quality raised to values above 0.5, the 

heat transfer coefficient for the mixtures behaved as for the 

pure R290 and R1270, respectively. 

 

 

Figure 9 Convective condensation heat transfer coefficient 

of the mixtures, (a) R600a/R290 and b) R600a/R1270, 

compared to their pure fluids at G=100 kg/m2s [14]. 

The major difference in the behavior noticed for the 

mixtures amongst each other and the pure fluids occur for 

G≥200 kg/m2s. Similar heat transfer coefficients are shown in 

Fig. 10-a) for R600a/R290 and the respective pure fluids 

regardless of x. Such a result was associated with the increase 

of turbulence effects, i.e., fluid mixing, near the liquid/vapor 

interface with G, which reduced the relevance of the mass 

transfer resistance on the heat transfer coefficient. Similar heat 

transfer coefficients for R600a/R1270 and pure fluids are 

noticed only for x<0.4 in Fig. 10-b). A flattening of the heat 

transfer coefficient trend with quality for the mixture 

(R600a/R1270) was noticed for x<0.4, while for the pure fluids 

the gradient of the heat transfer coefficient with x was 

maintained. Therefore, lower heat transfer coefficients were 

observed for R600a/R1270 compared to the pure fluids at 

x>0.4. This difference in the behaviors noticed for the mixtures 

was associated with the higher volatility of R1270 compared to 

R290, which caused the expected increase in the mass transfer 

resistance with x to overcome mixing effects caused by the 

increase in the mixing of the flow.  

Comparing Figures 9 ad 10 with Figs. 7 and 8 it is noticed 

that, even though a decrease in the heat transfer coefficient can 

be seen for the mixtures under certain experimental conditions, 

they still present heat transfer coefficient values larger than the 

ones for the R134a. 

 

 

Figure 10 Convective condensation heat transfer coefficient 

of the mixtures, (a) R600a/R290 and b) R600a/R1270, 

compared to their pure fluids at G=200 kg/m2s [14]. 

CONCLUSION  
 

In the present paper, flow boiling and convective 

condensation results obtained for suitable candidates for 

replacement of R134a in domestic and commercial refrigeration 
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and air-conditioning were shown. This included R600a, R290, 

and R1270, and the mixtures R600a/R290 and R600a/R1270 at 

concentrations chosen to match the saturation temperature of 

R134a under atmospheric pressure conditions.  

In general, higher heat transfer coefficients were obtained 

for the pure hydrocarbons compared to R134a. Behaviors 

typical of shear-driven heat transfer (i.e., dominated by 

convective effects in the case of boiling) were noticed for the 

hydrocarbons under low mass velocities. At these conditions, 

the heat transfer coefficient for the R134a was dominated by 

nucleate boiling and gravitational effects for flow boiling and 

convective condensation, respectively. 

Mass transfer effects were noticed in the experiments 

regarding the mixtures, which caused a reduction in the heat 

transfer coefficient under certain experimental conditions. 

Moreover, a flattening of the heat transfer coefficient slope 

with increasing quality under annular flow pattern conditions 

was noticed for both convective condensation and flow boiling. 

Even with the above-mentioned drop in the heat transfer 

coefficient for the mixtures compared to the pure hydrocarbons, 

they still performed better than the R134a, i.e., showing higher 

heat transfer coefficients. 

As main conclusion, it can be indicated that the tested 

hydrocarbons are suitable replacements for R134a in domestic 

and commercial refrigeration and air-conditioning. They 

showed higher heat transfer coefficients in almost every tested 

experimental condition for flow boiling and convective 

condensation. This higher heat transfer coefficient is associated 

with a reduction in heat exchangers size, which is accompanied 

by a drop in the fluid charge and, consequently, cost reduction 

in the production of refrigeration systems. The mixtures have 

shown better performance compared with R134a, placing 

themselves as reasonable candidates for replacement in 

applications with temperature range of -30oC<T<-12oC.  
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ABSTRACT 
The Organic Rankine Cycle (ORC) is a mature technology 

for exploiting low to medium temperature heat sources. The 
selection of the expansion device strongly affects the 
performance of the cycle, and volumetric expanders have 
proven to be advantageous in small-scale ORC applications. 
Although screw and scroll expanders are common and have 
been successfully applied in small scales, they are expensive 
and complicated machines. Hence, the use of rotary vane 
expanders in smaller scale ORC applications can be 
advantageous due to their simplicity and low manufacturing 
cost. However, traditional vane expanders suffer from 
inevitable leakage and frictional losses. A modified vane 
mechanism called the revolving vane machine was recently 
proposed to be used as an expander in ORCs due to its 
promising leakage and frictional characteristics compared to 
conventional machines. A Modified Revolving Vane Expander 
(M-RVE) prototype has been previously built and tested in a 
micro-ORC system using R134a as the working fluid. In this 
study, the theoretical model developed for the M-RVE 
prototype is validated against experimental data from an ORC 
test bench. The model includes the kinematics, 
thermodynamics, and dynamics of the prototype, and includes 
the losses due to the friction and leakage in the expander. 
Finally, the operating map of the M-RVE prototype is 
presented. 

INTRODUCTION 
Organic Rankine cycles are a mature technology in medium 

to large scale applications, but they are in the development 
stage for micro-scale applications. The challenges in micro-
scales are the low Carnot efficiency and the immature design of 
the expansion device [1]. The expander is a key component as 
it directly affects the efficiency of the system and capital costs 
in micro-scales [2]. Although screw and scroll expanders are a 
common and successfully applied choice in small scales, they 
are expensive and complicated machines. Hence, several novel 
volumetric expanders have been proposed to be implemented in 
micro-scale ORC systems aiming at reducing the inherent 
frictional and leakage losses, and the manufacturing cost. 
Among these a modified vane mechanism called the revolving 
vane (RV) machine was recently proposed to be used as an 

expander in ORCs due to its promising leakage and frictional 
characteristics compared to conventional rotary machines [3]. 
This mechanism was initially introduced and tested as a 
compressor by Teh and Ooi [4], and then was proposed to be 
implemented as an expander in a refrigeration system by 
Subiantoro [5]. Recently, a modified revolving vane expander 
(M-RVE) prototype was designed and manufactured to 
investigate its performance in micro-scale waste heat recovery 
applications by Naseri et al. [3]. The prototype comprised a 
rotor, a cylinder, and a vane attached to the rotor, where the 
rotor and cylinder were positioned eccentrically and rotated 
with respect to their respective axis of rotation [6]. The suction 
port was placed on the cylinder, and a stationary blocker 
attached to the housing controlled the timing of the suction 
process. The expanded working fluid was discharged through 
the rotor shaft after the expansion process (refer to [6] for more 
details). The M-RVE prototype was tested with compressed air 
and the results showed isentropic and volumetric efficiencies of 
up to 41% and 3%, respectively [6]. Naseri et al. [7] then 
investigated the leakage characteristics of the M-RVE 
prototype and the results showed a severe leakage from the 
rotor/cylinder cover end-face and suggested the use of a Teflon 
sealant to eliminate the leakage from this path. Moreover, 
misalignment was thought to be another reason behind the low 
expander volumetric efficiency. Naseri et al. [8] then developed 
a new test rig where the expander was directly coupled with the 
dynamometer and the external misalignments were eliminated. 
The results showed a significant improvement in the volumetric 
efficiency of the prototype to up to 55%. Then, Naseri et al. [3] 
investigated the performance of the prototype in a micro-scale 
ORC system for waste heat recovery for the first time. The 
prototype demonstrated up to 42.5% isentropic efficiency and a 
filling factor of 1.2-2.7. A theoretical model of the prototype 
has been developed and validated using the results of the tests 
with compressed air but not as yet with refrigerants [8]. 

In this study, the theoretical model developed in [8] is 
extended for ORC applications with R134a as the working 
fluid. It is then validated with the experimental results from the 
ORC test bench. Moreover, the operating map of the prototype 
was developed to illustrate the performance of the prototype 
beyond the tested operating conditions. 
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NOMENCLATURE 
A m2 Area 
Dh m   Hydraulic diameter 
e m  Eccentricity 
FF - Filling factor 
F N Force 
h J/kg;W/m2K Enthalpy; Heat transfer coefficient 
kf W/mK Thermal conductivity 
lexp m Expander chamber depth 
lve m Vane exposure length 
m  kg  Mass 
m  kg/s Mass flow rate 
N rpm Shaft speed 
Nu - Nusselt number 
OCR - Oil circulation ratio 
P  Pa  Pressure 
Pr - Prandtl number 
PR - Pressure ratio 
Q   W Heat flow rate  
Re - Reynolds number 
r m Radius 
SC K Subcooling 
SH K Superheating 
SV cc/rev Swept volume 
T N.m; °C Torque; Temperature 
V  m3/s Volume flow rate 
V   m3  Volume 
v   m/s Velocity 
W  W Shaft power 

vW   m  Vane width 
 
Special characters 
α   m2/s Acceleration 
η   - Efficiency 

fricη   - Friction factor 

φ   rad Rotor angle 
ω   rad/s Shaft speed 
ρ   kg/m3 Density 

 
Subscripts 
c  Cylinder 
Calc  Calculated 
CF  Cooling fluid 
dis  Discharge 
exp  Expander  
is    Isentropic 
r    Rotor 
ref  Refrigerant 
suc   Suction 
th    Theoretical  

 
THEORETICAL MODEL DESCRIPTION 
In order to model the expander, the approach developed 

previously by the authors in [8] was adopted. The geometrical 
relationships of the main components of the mechanism, 
namely the rotor, cylinder and vane, were established. Figure 1 
illustrates the geometrical details of the rotor and cylinder in 
the prototype. The vane exposure length and the velocity of the 
vane are calculated using Equations (1) and (2) [9]. 

2 2cos sinve r r c rl e r r eφ φ= − − + −   (1) 

2 2

cossin 1
sin

ve r
r r

c r

dl ee
dt r e

φω φ
φ

 
 = −
 − 

  (2) 

 
Figure 1 Geometrical details and free body diagram of the 
rotor and cylinder in the M-RVE prototype, modified from [8]. 

To model the thermodynamics of the chambers in the M-
RVE prototype, the working chambers are modelled using the 
conservation of energy as shown in Equation (3). 

( )

2 2

2 2

cv cv cv
cv cv

i i e e
i e

i e

d pVdu dmm u
dt dt dt

v dm v dmh h
dt dt

+ = −

   
+ + − +   

   
∑ ∑

  (3) 

The volume of the control volume, and the mass flow rate 
through the suction and discharge ports are calculated using 
Equations (4) and (5), respectively. The Cd in Equation (5) is 
the coefficient of discharge for the isentropic flow model 
through an orifice and is typically around 0.7-0.85 [10]. 

4

exp 0 ve rV l l d
π

ϕ= ∫   (4) 

( ),2d orif i i s
dm C A h h
dt

ρ= −   (5) 

Figure 1 also demonstrates the forces exerted on the 
cylinder and rotor bodies. Equation (6) is used to present the 
torque generated by the expander as a function of the forces by 
the inertia, pressure and also the losses such as bearings and 
seals [5]: 

,

, ,
,

, ,

2

2 2

ve r ve r ve
gen p vane r r r c c c

c c

ve

v norm v norm v r ve v
r v fric c

ve cv norm v norm

l r l r lT F r I I T
r cos r cos

dl
F F W r l WdtT F r sin

dl r cosF F
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α α
γ γ

γ
γ

   + + = + − − +    
     

   +  + − − +      

∑

∑
  (6) 

,p vaneF , ,v normF , ,v fricF are the vane pressure force, vane normal 
force, and friction forces and are obtained using Equations (7) 
to (9), respectively [5]. 

( ),p vane scv dcv ve expF p p l l= −   (7) 

, ,v fric v norm fricF F η=  (8) 

,
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, , 2
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c fric c

vev norm v norm

I T
F dl

F F Wdtr cos r sin
dlF F
dt

α

γ η γ

−
=

 
− −  

 

∑   

(9) 

The torques acting on the cylinder and rotor as a result of the 
losses are lumped into cT∑ and rT∑ , respectively. Refer to [8] 
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for the detailed kinematics, dynamics, and thermodynamics 
model of the M-RVE prototype. 

Volumetric expanders suffer from inevitable inefficiencies 
such as leakage and friction. The main leakage paths in the M-
RVE prototype were the blocker clearance, the radial clearance, 
rotor/cylinder end-face, and vane end-face gaps. Leakages 
through these gaps were modelled as a flow through a 
convergent nozzle followed by a straight channel considering 
the walls friction, called Fanno flow [11]. Moreover, the 
frictional losses in the prototype were mainly due to the end-
faces, bearings, and the lip seals. The detailed modelling of the 
leakages and frictional losses are presented by the authors 
previously in [8]. However, the lip seal friction is presented 
here using Equation (10) since its model will be used in the 
discussions later. The model developed by Muller and Nau [12] 
is used for the lip seal frictional losses, in whichφ , r ,ω  are the 
average tangential friction per unit circumference, shaft radius 
and the rotational speed, respectively. 

22lipsealT rπφ ω=   (10) 
A heat transfer model was introduced to model the heat 

transfer between the fluid and the walls. For this, Newton’s 
cooling law was implemented as shown in Equation (11). In 
this Equation wT is the average temperature of the suction and 
discharge chambers, and the heat transfer coefficient can be 
obtained using Equation (12) proposed by Liu and Zhou [13]. 

( )w fQ hA T T= −   (11) 

0.8 0.60.75h

f

hDNu Re Pr
k

= =   (12) 

The performance parameters of the M-RVE prototype are 
presented using the isentropic efficiency ( isη ), Filling Factor 
(FF), and Oil Circulation Ratio (OCR) as expressed in 
Equations (13) to (15). The OCR represents the mass flow rate 
of the oil over the combined mass flow rate of the oil and 
refrigerant in both liquid and vapour phase [3]. 

60
measured measured measured

th exp

V mFF
V SV N

ρ
= =

×
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ref in out is

W
m h h
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oil

ref oil

mOCR
m m

=
+


 

  (15) 

 
EXPERIMENTAL SETUP AND OPERATING 

CONDITIONS 
The experimental data presented by the authors in [3] were 

used in this study to validate the developed theoretical model. 
The data were obtained from the investigation of the prototype 
in a micro-scale ORC system with R134a as the working fluid 
(shown in Figure 2) with the range of experimental operating 
conditions tabulated in Table 1. The lubricant used in the 
experiments was POE oil (Emkarate-RL46H) and its flow rate 
was set to 7.5 ml/min as the minimum required lubrication that 
did not degrade the volumetric efficiency significantly.  

 

 
Figure 2 Photograph of the ORC test rig, adopted from [3]. 

Table 1 The range of the operating conditions of the 
experiments [3]. 
Parameter Value Parameter Value 

refm  (g/s) 10.85 – 40 
,CF inT (°C) -4 – 17 

expN  (rpm) 850 – 1850 SH (°C) 1 – 21 

,expsucp  (bar) 6 – 13.0 SC (°C) 3 – 10 

,expsucT (°C) 42 – 63   

 
VALIDATION OF THEORETICAL MODEL 
Figure 3 shows the calculated mass flow rates using the 

developed model described earlier, versus the mass flow rates 
in the experiments with the ORC test bench. The dimensional 
and operational parameters tabulated in Table 2 were used for 
the model validation. The OCR range in this study was 0.0029-
0.011. Figure 3 shows that the predicted mass flow rates were 
in good agreement with the experiments when the OCRs were 
higher than 0.004. 

Table 2 Main dimensions and simulation considerations of the 
M-RVE prototype for the validation. 

Parameter Value Parameter  Value 
Rotor head radius 29 mm Vane slot height 12 mm 
Rotor head width 25 mm Vane thickness 4 mm 
Rotor shaft length 152.5 mm Vane width 25 mm 
Rotor shaft biggest 
diameter 

28 mm Vane height 28 mm 

Cylinder inner radius 35 mm Suction port area 96.635 mm2 
Cylinder outer radius 59 mm Discharge port area 49.857 mm2 
Cylinder head width 29 mm Suction chamber 

dead volume 
2.334 cm3 

Cylinder shaft length 83 mm Discharge chamber 
dead volume 

1.446 cm3 

Cylinder shaft biggest 
diameter 

40 mm Friction coefficient 0.15 

Rotor inertia 0.00024 
kg/m2 

Blocker clearance 
gap 

0.08 mm 

Cylinder inertia 0.00324 
kg/m2 

Radial clearance gap 0.1 mm 

Eccentricity 6 mm Total end-face 
clearance gap 

0.05 mm 

Cylinder cover 
thickness 

5 mm Blocker opening 
angle 

174° 

Cylinder cover inner 20.5 mm Discharge 0.7 
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radius coefficient 
Cylinder cover outer 
radius 

59 mm Swept Volume (SV) 15.72 cc/rev 

Sealant disk contact 
radius 

36 mm Vane friction 
coefficient  

0.15 

 
Figure 3 divides the experimental results into three groups 

of OCRs. The theoretical model tended to properly predict the 
trend and value of the mass flow rate at OCRs higher than 
0.004, within a maximum error of 15%. The theoretical model 
was not able to predict the mass flow rate properly when the 
OCR in the experiments was lower than 0.004, and the 
experimental results were notably higher than the predicted 
values. Hence, the model was only valid for the experiments 
carried out with OCRs higher than 0.004, although a slightly 
under-prediction was observed in the predicted mass flow rates. 
It is worth mentioning that the lower FFs were obtained at 
OCRs lower than 0.004, showing significant leakage within the 
prototype, and the impact of adequate lubrication on the 
performance of the M-RVE prototype. 

 
Figure 3 Calculated expander mass flow rate vs measured mass 
flow rate. 

Figure 4 compares the calculated FF using the developed 
model versus that using the experimental results. The error bars 
on the linear y = x line in the figure show the uncertainty range 
of the obtained experimental results. Looking at Equation (13), 
FF is a function of the ideal and measured flow rate. Given that 
the ideal flow rate is a function of operation conditions, the 
value is the same when calculating FF using the developed 
model and experimental studies. Given the significant under-
prediction of the model for the data with OCRs lower than 
0.004, the FF was significantly under-predicted, consequently. 
However, the model could predict the FF for OCRs higher than 
0.004 with a maximum error of 15%. Moreover, looking at the 
data with OCRs higher than 0.006, the FF was well predicted 
within the uncertainty of the experimental data. 

Figure 5 reports the calculated torque outputs using the 
developed model versus those measured in the experiments 
with the ORC test bench. Given the geometrical parameters 
tabulated in Table 2, the results generally showed a 15% to 
50% under-prediction with the theoretical model, despite a 
generally well predicted trend. Moreover, the model tended to 
significantly under-predict the experimental results at OCRs 
lower than 0.004. This can be as a result of the remarkable 
under-prediction of the mass flow rate since it affects the 

pressure profile inside the chambers. The pressure profiles in 
the suction and discharge chambers changed the pressure force 
acting on the vane, leading to a change in the torque generation 
of the expander. 

 
Figure 4 Calculated FF using the developed model vs using the 
experimental results. 

 
Figure 5 Calculated expander torque vs measured torque. 
 

The frictional losses model for the M-RVE prototype 
comprises three primary sources: end-faces, bearings, and lip 
seals [8]. The torque loss due to the end-faces friction is 
generally a function of the expander’s geometrical parameters, 
the viscosity of the lubricant and the operating speeds of the 
rotor and cylinder, assuming a full lubricant profile between the 
rubbing surfaces [5]. The bearings friction is a function of the 
bearing’s geometrical parameters, the lubrication condition, and 
the operational conditions, i.e., the operating speed and 
resultant forces exerted on the bearings [8]. Lastly, the lip seal 
friction is solely a function of the seal’s dimensional parameters 
and operational conditions, i.e., the pressure and operating 
speed. The vane side and lip seals accounted for the most 
significant sources of the frictional losses in the M-RVE 
machine [5]. Given the fact that the lubrication condition plays 
a critical role in the experiments on the M-RVE prototype in 
the ORC test bench, and the theoretical model of the lip seal, 
mentioned in Equation (10), does not predict the effect of the 
temperature on the lip seal material properties and the viscosity 
of the lubricant, the reason behind the under-prediction of the 
torque was thought to be the limitations of the lip seal model. 
Hence, a coefficient of 0.2 was applied on the torque loss due 
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to the lip seals. This coefficient was tuned to match the 
theoretical and experimental torque output better. 

Figure 6 demonstrates a comparison of the predicted torque 
output from the modified model versus the experimental 
results. The results showed that the model generally predicts 
the torque obtained in the experiments with a maximum of 
±15% error. Looking at the OCR ranges in Figure 6, the torque 
was well-predicted for OCRs higher than 0.006, while there 
was a general under-prediction for OCRs lower than 0.004, and 
over-prediction for the OCR range of 0.004-0.006. 

 
Figure 6 Modified calculated expander torque vs measured 
torque. 

Figure 7 presents the predicted expander shaft powers 
versus the experimental results. It is worth noting again that the 
error bars on the linear y = x line in the figures show the 
uncertainty range of the obtained experimental results. In the 
shaft power calculation, the effect of the applied coefficient to 
the lip seal’s friction model was taken into account. Following 
the torque results presented in Figure 6, the shaft power shows 
that the model could predict the shaft power generally well with 
a maximum error of ±15%. The shaft power was well-predicted 
for OCRs higher than 0.006, while underprediction and over-
prediction were observed in the shaft power calculation for the 
OCR range of 0.004-0.006, and less than 0.004, respectively. 

Figure 8 compares the predicted isentropic efficiencies 
using the theoretical model versus the experimental results. 
Looking at Equation (14), the isentropic efficiency is 
proportional to the shaft power and inversely proportional to 
the real mass flow rate. For OCRs lower than 0.004, the mass 
flow rate was substantially under-predicted as shown in Figure 
4. Looking at the shaft power in Figure 7, the shaft power was 
also under-predicted for this OCR range. The combined error in 
both the mass flow rate and shaft power led to a noticeable 
over-prediction in the isentropic efficiency for the OCRs lower 
than 0.004, mostly because of the under-prediction in the 
predicted mass flow rate. Hence, it could be concluded that the 
model could not predict the isentropic efficiency for OCRs 
lower than 0.004 properly, corresponding to the poor 
lubrication, and severe leakage in the experimental tests. 
Looking at OCRs higher than 0.006 in the experimental results, 
the isentropic efficiency was mostly well-predicted within the 
uncertainty range of the experimental results. As for the OCR 
range of 0.004-0.006, although some of the data were over-
predicted, it was not far away from the experimental results 

uncertainty. Hence, it is reasonable to argue that the model still 
could predict the isentropic efficiency for the OCR range of 
0.004-0.006. However, in general, an over-prediction is 
observed in the isentropic efficiency calculation mainly from 
the combined error of the calculated power and mass flow rate. 

 
Figure 7 Calculated expander shaft power vs measured shaft 
power. 

 
Figure 8 Isentropic efficiency calculated using the model 
versus calculated using the experimental results. 

The performance of the M-RVE prototype was mapped 
using the developed model in this work, assuming the OCR was 
higher than 0.006 during the actual operation of the expander in 
the ORC test bench. The model was run in a fixed discharge 
pressure and temperature, but at different shaft speeds, suction 
pressure and temperatures. The operational conditions assumed 
for the modelling are tabulated in Table 3. 

Table 3 The operational condition for the performance 
mapping of M-RVE prototype using the theoretical model. 
Parameter Value 
PR 1.8-2.5 
OCR 0.006≤ 
Shaft speed (Nexp) (rpm) 800-1800  
SH (K) 15.0 
Expander discharge pressure (pdis,exp) 6.0 
Expander discharge temperature (Tdis exp) 27 

 
Figure 9 illustrates the FF and isentropic efficiency versus 

the shaft speed for different PRs using the developed model. 
The results show that the FF decreases as the speed increases. 
This is due to the less contribution of the leakage to the total 
mass flow rate at higher shaft speeds. Figure 10 also 
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demonstrates the isentropic efficiency of the expander at 
different shaft speeds and PRs. The results show that the 
isentropic efficiency initially increased as the shaft speed 
increased until it peaked. Then, the isentropic efficiency 
dropped due to the higher frictional losses in the mechanism. 
Moreover, Figure 11 demonstrates the isentropic efficiency at 
different PRs and shaft speeds. The isentropic efficiency 
reached a pick as PR increased at constant shaft speed. 

 
Figure 9 FF vs shaft speed for different PR using the 
developed model. 

 
Figure 10 Isentropic efficiency vs shaft speed for different PR 
using the developed model. 

 
Figure 11 Isentropic efficiency versus PR at different shaft 
speeds. 

CONCLUSION  
In this study, a theoretical model of the M-RVE prototype 

was validated against the experimental results from a micro-
ORC test bench. The results showed that the model predicts the 

experimental results for the mass flow rate, torque, and shaft 
power at OCRs higher than 0.004 with a maximum ±15% error. 
The model was not capable of predicting the mass flow rates 
properly when the OCR was lower than 0.004. Moreover, 
under-prediction and over-prediction were observed in the 
torque and shaft power for the OCRs lower than 0.004, and the 
OCR range of 0.004-0.006, respectively. Lastly, the isentropic 
efficiency for OCRs higher than 0.006 was mostly predicted 
within the uncertainty of the experimental results. However, the 
model was not capable of predicting the isentropic efficiency 
for OCRs lower than 0.004 with acceptable accuracy. 
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ABSTRACT 

W.E. DISTRICT is a H2020 project aiming to develop and 

test at significant scale new technologies to advance towards 

decarbonized district heating and cooling (DHC) facilities by the 

integration of full renewable-based generation, innovative 

storage and advanced chillers. Simulation has a pivotal role for 

the understanding and optimization of such integration, either at 

the design phase, as the operational phase. In W.E. DISTRICT 

four DHC will be designed, commissioned and operated at 

different climatic sites in Europe, with a large variety of 

technologies to test. The most complex facility is located in 

Alcalá de Henares, and it will include three solar technologies 

(Fresnel, troughs and advanced concentrated flat tracked 

collectors (WESSUN)), and advanced chillers. All those 

technologies stand at demonstration technological level (TRL6). 

We have developed a dedicated, original flexible numerical 

scheme based on TRNSYS assisted by python scripts, able to 

plug-and-play each functional unit of the facility (generation 

equipment, storage, utilization, etc.), that will be presented and 

used to discuss the performance of the facility according with 

specific indicators to account for their decarbonization impact. 

Emission factors as low as 0.033 kgCO2/kWh are achieved. 

INTRODUCTION 

Energy demand in the household sector constitutes a very 

significant part of the energy consumption and carbon dioxide 

emissions[1], [2]. To achieve environmental targets requires the 

implementation of a variety of low-carbon technologies [3] into 

the district heating and cooling sectors to maximize the 

contribution of renewable energy sources. In this context, the 

main goal of the W.E. DISTRICT project is the implementation 

of district facilities in four sites across Europe for testing at a 

practical scale a set of innovative solutions for heating and 

cooling based mainly on thermal systems. In the framework of 

the project it will be tested the energy harvesting of fuel cells in 

a data centre in Lulea (Sweden), a geothermia-Photo-Thermal 

collectors hybridation in a campus site in Bucarest (Romania), 

an urban district heating and cooling in Poland, and a 

technological centre in Alcalá de Henares (Spain).  

NOMENCLATURE 

Q [Wh] Energy in form of heat 

E [Wh] Energy in any form 

RACU Renewable Air Cooling Unit 
r [-] ratio 

COP [-] Coefficient of Performance 

f [-] Factor 
K [kgCO2/kWh] Emission factor 

e-CO2 [kgCO2/kWh] Equivalent CO2 emissions 

RER [-] Renewable energy ratio 
AAC Advanced Absorption Chiller 

CAC Conventional Absorption Chiller 

Subscripts 

c Cooling 

DH District Heat 
e Electric 

aux Auxiliaries 

n-ren Non-renewable 
ren Renewable 

s Sensible heat 
l Latent heat 

a Outdoor air 

a-w Exchange between outdoor air an water. 
HtC Heat to cooling 

DHtC District Heat to cooling 

The latter constitutes a complex facility with the energy 

production based on a low-NOx biomass boiler, three different 

solar technologies, a storage system and a heating and cooling 

demand of a typical continental climate zone in southern Europe. 

Additionally, the technological centre holds experimental 

equipment producing intense thermal loads. Heating is provided 

by a heated water loop, and cooling will be provided in the 

project by advanced absorption chillers and a desiccant wheel 

activated at low temperature [4].   
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DESCRIPTION OF THE SITE 
 

Alcalá de Henares demo-case aims to satisfy the heating and 

cooling demand of the CEPSA Research Center building (Figure 

1) entirely with renewables. The centre was built in 2008, and it 

is located in Alcalá de Henares’ technology park (Tecnoalcalá). 

The activity of the building focuses on the optimization of 

chemical processes, the development of improved and 

innovative products and the identification of new technological 

trends. The building area stands for 13,523 m2 distributed in 

laboratories, auditorium, offices, and common services as 

meeting room and a dining room. The laboratories are the most 

demanding areas of the building hosting a pilot plant with 

specific thermal loads resulting from the experimental activity 

and the utilization of equipment performing thermal-related 

processes. The stable staff in the building is estimated to be 77 

people working with a schedule from 8:30 am to 5:30 pm. 

However, the building remains open and functional on weekends 

and holidays. The schedule depends on the operation of the pilot 

plant and the laboratories, what has an intrinsic variability, 

depending on the research activity. 

 

The current annual heating demand is 1,313.62 MWh/y, 

while the cooling demand is 732.75 MWh/y, as measured by the 

counters of the existing climatization facility (Figure 2). Heating 

demand is concentrated in winter months to grant acceptable 

environmental conditions for the staff in the building. During 

summer, such thermal loads are shifting to cooling demand to 

compensate the weather conditions. At summer, the heating 

demand is nearly zero, as the heated water needs are almost 

negligible. Cooling demand is negligible during winter. The 

peak heating and cooling power has been reported as 1,051.13 

kW and 857.33 kW, respectively. HVAC systems set 

temperatures between 23ºC and 25ºC in summer and between 

21ºC and 23ºC in winter, according with local regulations. The 

profile of the demands shows how the loads in spring and autumn 

are low as differences between comfort room and ambient 

temperature are small and compensated by the internal load in 

the building. The maximum demand is produced in the hardest 

months in winter, and the central months of the summer due to 

the characteristics of the continental climate in the centre of 

Spain. Such conditions imply that January and August are the 

critical months respect to the sizing of the energy generators 

(solar and biomass), the storage, and the cooling technologies to 

be implemented in Alcalá. 

 

The thermal plant to be tested in the W. E. DISTRICT project 

will be located 500 meters from the CEPSA building, as it is 

shown in the top view in Figure 3, integrating several of the 

technologies that are improved in the project, acting as a 100% 

renewable energy generator to fulfil the demand with the 

structure depicted in Figure 2. The heating and cooling demand 

will be satisfied by a heated water loop with temperatures 

between 95 ºC (forward) and 70 ºC (return). The cold network to 

comply with the cooling demand will operate between 7 and 12 

ºC. 

 

 

Figure 1 Test-site for the district heating and cooling test. 

 

 

Figure 2 Measured monthly demand of the site. 

 

The thermal plant will consist of the following equipment 

and nominal power: 

• Biomass boiler: 955 kW 

• Parabolic Trough Collectors: 184 kW 

• Linear Fresnel Collector: 240 kW 

• Evacuated Tube Tracking Collector (WeSSun): 242 kW 

• Advanced Absorption Chiller: 730 kW 

• Conventional Absorption Chiller: 100 kW 

• Hot water tank: 70 m3 

 

Additionally, a Renewable Indirect Desiccant Evaporative 

Cooling Unit (RACU) of 10 kW will be installed[4]. This 

equipment will be located on the façade. It will operate 

separately providing a direct cooling service to a single room. 

 

The plant layout is represented in Figure 4, the biomass boiler 

will be directly connected to the heated water loop, to support 

the heating and hot water demand, and the solar generation to 

provide the heat for the cooling technologies, specifically the 

advanced absorption chiller. The water tank feeds the heated 

water loop, being complemented by the biomass boiler. 
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Figure 3 Location of the generation units at the site. 

 

Figure 4 Thermal plant layout. 

 

METHODOLOGY 
 

The analysis of the performance of the facility is done by a 

simulation tool based on TRNSYS models especially created for 

the technologies under development in W.E. DISTRICT. 

TRNSYS[5] was considered for the main simulation 

environment as it is able to perform transient analysis for the 

global evaluation of a thermal facility performance, being one of 

the most recognised software packages in the field. The models 

for conventional technologies are already included in the 

distribution of the software, what it is of interest for performance 

comparison. Additional models and macros, including control 

strategies are generated for each of the innovations to test at the 

site.  

 

User-defined TRNSYS macros includes connecting elements 

that are used for the configuration of the whole facility, linking 

the generation devices with the demand, buffered by the storage, 

if needed. Such combination of components forms decks that 

allows to easily change the facility operation mode in a macro 

plug-and-play scheme.  

 

Being a complex system in the design and engineering phase, 

our simulation scheme is able to scream several combinations 

just by activating/deactivating virtual components (macros), 

loading available weather data for a given location n the 

METEONORM format. Such flexibility allows to optimize 

operation and configuration by the analysis of the facility based 

on a set of key performance indicators which evaluation is done 

by a dedicated macro component of the system. 

 

A tool developed with python language has been done to 

generate and change configuration files to run several cases. 

 

The results of the simulation will be used for the evaluation 

of key performance indicators (KPI) [6], [7] to evaluate energy 

and environmental aspects of the facility, as the renewable 

energy ratio, non-renewable energy factor and the equivalent 

CO2 emissions (kgCO2/kWh), either for cooling or heating. 

 

The renewable energy ratio (RER) is the fraction of 

renewable primary energy used versus total primary energy to 

fulfil the heating and cooling demand according with 

international standards [8].  

 

𝑅𝐸𝑅 =
∑ 𝑄𝑟𝑒𝑛

∑ 𝑄𝑟𝑒𝑛+∑ 𝑄𝑛−𝑟𝑒𝑛+∑ 𝐸𝑎𝑢𝑥
                      (1) 

 

The non-renewable energy factor accounts for the ratio of 

total amount of primary energy used in the facility weighted as 

0, or 1, if provided by renewable or non-renewable respectively, 

versus the total energy delivered to the district heating and 

cooling services. Biofuels and electricity, are considered to have 

a non-renewable part.  

 

𝑓𝑛−𝑟𝑒𝑛 =
∑ 𝑄𝑛−𝑟𝑒𝑛+∑ 𝐸𝑎𝑢𝑥

𝑄𝐷𝐻
                             (2) 

 

The equivalent CO2 emissions are calculated weighting each 

primary energy consumption by its corresponding emission 

factor.   

 

𝑒 − 𝐶𝑂2 =
∑ 𝑄𝑛−𝑟𝑒𝑛𝐾𝑛−𝑟𝑒𝑛+∑ 𝐸𝑎𝑢𝑥𝐾𝑎𝑢𝑥

𝑄𝐷𝐻
               (3) 

 

Additionally, cooling systems are evaluated by the 

coefficient of performance (COP) and the auxiliaries ratio (raux), 

that are defined as: 

 

𝐶𝑂𝑃 =
𝑄𝑐

𝑄𝐷𝐻
                                                  (4) 

 

𝑟𝑎𝑢𝑥 =
𝐸𝑒

𝑄𝐷𝐻
                                                     (5) 

 

The Desiccant Cooling Unit requires specific performance 

parameters expressed as the district heat to cooling ratio (rDHtC) 

and the consumed heat to cooling ration (rHtC) that includes the 

latent and sensible heat exchange between the room and outdoor 

air, versus the sensible and latent cooling delivered by the RACU 

to the room (QRACU), and expressed as: 

 

𝑟𝐷𝐻𝑡𝐶 =
𝑄𝐷𝐻

𝑄𝑅𝐴𝐶𝑈
                                                (6) 

 

 

𝑟𝐻𝑡𝐶 =
𝑄𝐷𝐻+𝑄𝑠,𝑎−𝑤+𝑄𝑠,𝑎+ 𝑄𝑙,𝑎

𝑄𝑅𝐴𝐶𝑈
                             (7) 
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The desiccant unit are so evaluated by parameters based on 

the heat provided by the district network (QDH) and the total heat 

exchange in the unit including the outdoor air by direct sensible 

and latent heat in the desiccant wheel, and sensible thermal 

energy delivered due to thermal exchange between air and water 

at the heat exchanger of the unit. 

 

IMPLEMENTATION 
 

The operation of the facility that has been described for the 

Alcalá demo-site is implemented in a combination of defined 

TRNSYS macros to form the deck shown in Figure 5. 

 

The three solar technologies (Parabolic trough collectors, 

Fresnel collector and WeSSUN) are modelled by the macros 

coded as M1200, M1201 and M1300 while the biomass boiler is 

represented by the M3100. The water tank is modelled by the 

M2100. The model of advanced and conventional absorption 

chillers is carried out by M4100 and M4200. Heating and cooling 

network and demands represented by M7300 and M7200 

respectively. Heating and Cooling profile demands are included 

to the model by M8100 and M8200. The M4700 represents the 

RACU. It is connected to the outlet of M7300 because this unit 

is installed on the façade of the building. The climate data 

necessary for each macro are provided by M0100. Finally, 

M9000 is used to collect results from each individual macro. 

 

 

 

 

Figure 5 Simulation model of Alcala's demo-site. 

Solar technologies (M1200, M1201 and M1300) collect the 

solar radiation of the site, extracted from M0100, to provide 

thermal energy which is stored in the water tank (M2100). The 

storage system buffers energy for the heated water network 

(M7300) and the absorption chillers (M4100 and M4200), at the 

temperature set-points of the facility. When the energy storage 

does not cover the demand, the boiler (M3100) is turned on. This 

operation is regulated by the interconnection macro M9100. The 

absorption chillers supply the cold network (M7200) connected 

in series to the M9101 distributor. The connection is made in 

such a way that the demand is to be covered with the M4100 first 

and, if this not sufficient, M4200 would be turned on. The 

networks (M7300 and M7200) are connected to the demand 

macros (M8100 and M8200). The RACU (M4700) supplies 

directly cold to the building using heat delivered by the heating 

network. The cooling demand covered by RACU is removed 

from the cooling input demand (link between M4700 and 

M8200) of the building while the heat consumed is added to the 

heating demand (link between M4700 and M8300). The 

parametrization for each macro is included on Table 1. External 

files with heating and cooling hourly demand profiles are 

included M8100 and M8200 respectively. The parametrization 

of the RACU only includes the characteristic of the room 

because the RACU is a standard equipment with fixed 

parameters 

Table 1 Parametrization of the TRNSYS macros for the Alcalá 

deck definition. 

Parabolic Trough Collector (M1200) 

Aperture Area 326 m2 

Temperature difference 20 ºC 

Collector slope versus horizontal -37º 

Collector Azimuth angle 0º 

Lineal Fresnel Collector (M1201) 

Aperture Area 445.5 m2 

Temperature difference 20 ºC 

Collector slope versus horizontal 0º 

Collector Azimuth angle -37º 

Evacuated Tube Tracking Collector WeSSun (M1300) 

Aperture Area 193.43 m2 

Temperature difference 20 ºC 

Collector slope versus horizontal 45 º 

Collector Azimuth angle -37º 

Biomass Boiler (M3100) 

Outlet temperature 95 ºC 

Nominal Capacity 1000 kW 

Water Tank (M2100) 

Tank Volume 70 m3 

Outlet temperature (to solar collectors) 75 ºC 

Inlet temperature (from solar collectors) 95 ºC 

Absorption Chillers (M4X00) 

Chilled water inlet temperature 12 ºC 

Chilled water outlet temperature 7 ºC 

Hot water inlet temperature 95 ºC 

Hot water outlet temperature 90 ºC 

Cooling water inlet temperature 31.5 ºC 

Cooling water outlet temperature 36.5 ºC 

Advanced (M4100) 

Nominal capacity 100 kW 

Nominal COP 0.8559 

Conventional (M4200) 

Nominal capacity 730 kW 

Nominal COP 0.7 

RACU (M4700) 

Room width 5.27 m 

Room length 10.24 m 

Room height 3 m 

Temperature set 20 ºC 

Humidity Relative 45 % 

Network (M7x00) 

Cooling Nominal Capacity 2327.78 kW 

Cooling Forward-Return temperature 7 - 12 ºC 

Heating Nominal Capacity 1842 kW 

Heating Forward-Return temperature 95-75 ºC 

Total pipe length. Forward and Return 500 m 
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RESULTS 
 

The objective of the new facility based on innovative 

renewable concepts is to cover the demand of the building, that 

may be estimated by dedicated building simulation macro, or 

taken by the current heating and cooling demand. To be sure that 

the proposed new facility is able to substitute the existing one, 

M8100 and M8200 macros imports the demand collapsed in 

Figure 2, and depicted daily in Figure 6 and Figure 7 for heating 

and cooling, currently provided by different networks. It is 

represented as well the simulation data of the deck, what shows 

how the control system of the deck is able to follow the demand 

with the solar and biomass equipment described in Table 1. 

 

 

 

Figure 6 Heating demand of the research centre. 

 

 

Figure 7 Cooling demand of the research centre. 

 
Figure 8 represents a simplified Sankey diagram of the 

overall system. The diagram only includes the main heat/cold 

fluxes on annual bases. The energy delivered to the heating 

distribution network is 1331 MWh. The energy supplied to the 

cooling equipment is 1078 MWh, resulting in a cooling share of 

0.447. Such figures provided by the simulation are within 

tolerances in comparison with actual measured data. The 

discrepancies of the heating generation/demand of our 

simulation is 1.3% (1331.1 vs 1313.7 MWh/y) and -1.8% for 

cooling (719.64 vs 732.74 MWh/y). 
 

 

Figure 8 Sankey diagram for the energy balance of the 

facility. 

 

 

 

Figure 9 Estimated thermal energy produced at the facility 

 

 

Figure 10 Daily heating supplied by the boiler and the three 

solar technologies 

 

Such discrepancies are produced by the adjustments on the 

peak generation tuned by the control system due to the thermal 

inertia of solar technologies. Figure 9 shows the year profile of 

the energy produced by the facility to cover the demand 

according with our simulation. Demand varies strongly along the 

years following a pattern correlated with the working weeks with 
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a maximum demand around 17 MWh/day and minimum almost 

null during spring.  

 

Figure 10 shows the daily heating supplied by the boiler and 

the three solar technologies. The biomass boiler covers most of 

the demand at any time of the year, except some days in between 

the warm and cold days, usually corresponding a spring and 

autumn. The biomass boiler produces 75.6 % of the total heat 

generation. The heat delivered by the boiler is 1899.3 MWh. The 

total boiler efficiency is 65.14%. what implies a fuel 

consumption of 2915.34 MWh, corresponding to 612.1 tons/year 

of biomass, and an utilization factor of 1988 h/y at full power. 

 

Regarding the solar technologies, the parabolic trough 

collector energy performance is 229.03 MWh/y, producing an 

output per square meter of collector surface of 702.55 kWh/m2. 

The total incident radiation at the normalised year at the Alcalá 

site is 542.62 MWh. The total collector efficiency is 42.21 %. 

The auxiliary electrical energy use is 3.58 MWh. The parasitic 

energy ratio is 1.56 %. This corresponds to a capacity factor of 

1245 h/y, typical of the Alcalá latitude. 

 

The annual energy output for the Fresnel collectors is 242.35 

MWh. The energy output per square meter of collector surface is 

544 kWh/m2. The total incident radiation is 741.52 MWh. The 

total collector efficiency is 32.68 %. The auxiliary electrical 

energy use is 5.16 MWh. The auxiliary energy ratio is 2.13 %. 

The energy production of the Fresnel collector is equivalent to 

1100 h/y at nominal poer. 

 

The collector energy output of the WeSSun collector is 

145.18 MWh. The energy output per square meter of collector 

surface is 750.55 kWh/m2. The total incident radiation is 321.96 

MWh. The total collector efficiency is 45.1 %. The auxiliary 

electrical energy use is 0.857 MWh. The auxiliary energy ratio 

is 0.59 %.  WeSSun is less sensitive to difference in irradiation 

from summer to winter, being more stable due to the processing 

of the diffuse radiation, as it has a lower concentration factor. 

This corresponds to a capacity factor of 1330 h/y. 

 

The analysis of Figure 11 shows how the contribution of the 

biomass boiler is residual around day 150, at spring. At spring 

the demand stays at its yearly minimum and the solar resources 

are capable of satisfying the demand. Such days would be very 

suitable to program maintenance actions for the biomass boiler. 

At less extent, some days in autumn may be considered for such 

purpose.  

 

The storage capacity of the system is provided by a 70 m3 

water tank, which daily storage capacity charged/discharged is 

depicted in Figure 12. The total heat managed by the water tank 

from the solar technologies is 596.46 MWh/y, to shift 511.83 

MWh/y for the demand. The storage efficiency is 85%. The 

amount of full energy cycles (FEC) that express the utilization 

of this tank is 340 cycles per year, as the maximum storage 

capacity is 1.5 MWh at the district temperature difference 

(20ºC). 

 

 

Figure 11 Daily contribution from each generation 

technology. 

 

Regarding the satisfaction of the cooling demand, the RACU 

contribution is very low, as it is constraint to a specific room. 
The thermal energy from the district heating to RACU is 8.46 

MWh, while the overall thermal demand is 44.20 MWh. The 

useful delivered energy from RACU to the room is evaluated as 

7.63 MWh.  The auxiliaries in form of electricity consumed by 

the fans is 8.23 MWh.   

 

 

Figure 12 Daily heat charged/discharged by the water tank 

 

The cooling service to the building is mainly provided by 

absorption chillers for the direct utilization of the district heating, 

avoiding conventional mechanical compression chillers. The 

control system is set to give priority to the advanced chiller 

(ACC), that operates a full power equivalent time of 1628 h, 

while the conventional absorption chiller (CAC) operates 781.64 

full-power hours. The profile of the cooling delivered by the 

absorption chillers is depicted in Figure 13. It can be observed 

how AAC is operating at nominal power most of the days. On 

the contrary CAC is used to adapt the cooling service to the 

demand. 
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EVALUATION OF KEY PERFORMANCE INDICATORS  
 

The evaluation of the key performance indicator described in 

previous section is shown in Table 2. The main general 

indicators for the environmental impact and the contribution of 

renewables has been evaluated for heating and cooling service. 

The energy delivered to the heating distribution network is 1331 

MWh, and additional 1078 MWh are produced to provide the 

cooling services for a total of useful heat 2409 MWh.   

 

It is observed how the renewable energy ratio is much lower 

in the case of cooling services as they consume electricity 

according with the auxiliary ratio. raux shows as the conventional 

absorption chillers (0.67) consumes a significant amount of 

electricity for the utilization of compressors and other 

equipment. Such consumption is reduced in the advance 

absorption chiller to 0.07. CAC produces most of the cooling 

service, producing a global renewable energy ratio (RER) on 

0.47, and a non-renewable ratio of 1.927 due to significant 

electricity consumption. For heating services, RER and fn-ren 

shows a high contribution of renewables, as useful heat is 

provided entirely by the solar and biomass technologies, with 

only pumping power for fluid transport based on electrical 

auxiliary power. 

 

Emissions associated to the operation of the facility are 

evaluated as low as 0.033 kgCO2/kWh for heating by the 

contribution of the auxiliaries. Such environmental performance 

is higher for cooling (0.356 kgCO2/kWh) mainly by electricity 

that is consumed by conventional absorption chillers. Such 

consumption it is also affected by the operational load. 

Conventional Absorption Chiller are operating mainly at partial 

load. On the contrary, Advanced Absorption Chiller operates 

close to nominal conditions, optimizing the utilization of 

auxiliary power.  

 

The oversizing of the design is much likely for cooling 

services, as it can be noted in Figure 14. The comparison 

between the cumulative distribution of the demand decays faster 

for cooling. It can be seen how the total 830 kW (730 CAC + 100 

AAC) cooling power of the present design is scarcely required. 

CAC is switched off with lower priority, and it operates all the 

time at partial load. From the figure, only 300 h/y, CAC operates 

above 50% from its nominal conditions. 

 

 

CONCLUSIONS AND FUTURE WORK 
 

It has been presented the results of the simulation for the 

performance of a district heating and cooling demonstration 

facility located in Alcalá de Henares’ technology park in the 

framework of the H2020’s W.E. DISTRICT project. We have 

developed a flexible simulation tool with the capacity of plug-

and-play several equipment in the TRNSYS environment. A set 

of macros have been developed to include all the technologies 

playing a role in the facility: solar technologies, biomass boiler, 

storage, cooling systems and fluid networks, as well as the 

interconnections for the facility configuration to create desks. 

The annual heating demand of the facility is 1,313.62 MWh/y 

while the cooling demand is 732.75 MWh/y. 

 

 

Figure 13 Cooling delivered by absorption chillers. 

 

 
 

Figure 14 Weibull cumulative distribution of the heating 

and cooling demand, 

 

Table 2 Estimation of the facility key performance indicators. 

Heating 

RER 0.860 

fn-ren 0.169 

e-CO2 (kgCO2/kWh) 0.033 

Cooling 

RER 0.470 

fn-ren 1.927 

e-CO2 (kgCO2/kWh) 0.356 

RACU 

rHtC 4.74 

rDHtC 1.1 

Conventional Absorption Chiller 

COP 0.71 

raux 0.67 

Advanced Absorption Chiller 

COP 0.62 

raux 0.07 
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The performance of the facility is described by selected 

performance indicators highlighting the contribution of 

renewable energy sources to completely fulfil the demand, and 

including electricity consumed by auxiliaries, as pumps and 

compressors. It has been shown how a renewable energy ratio of 

86% is achieved for heating demand, with equivalent CO2 

emissions as low as 33 g/kWh. Cooling technologies, and their 

effective COP are very sensitive to the working load. The high 

auxiliary ratio for Conventional Absorption Chillers might be 

produced by the off-nominal operation and oversizing of such 

system in relation with the cooling demand. Proposed solutions 

might be based on the utilization of a set of conventional 

absorption coolers in parallel, to operate closer to nominal 

conditions. Such parallel configuration of two or three chillers 

will reduce auxiliary energy consumption and reduce CO2 

emission ratios. 

 

Next step will be the complete validation of this results when 

the demonstration facility would be commissioned and operated. 

Additionally, our models are expected to be implemented in 

dedicated tools for performance prediction and control of the 

facility in the context of the W.E.DISTRICT project  
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ABSTRACT 
    Heat transfer in the entrance region of annuli is studied. It 

is assumed that the flow is hydrodynamically developed and 

thermally developing in the entrance region. It is also assumed 

that the fluid velocity in radial direction is variable. A mixed 

boundary conditions is applied. That is, the inner and outer 

cylinder surfaces are kept at constant temperature and constant 

heat flux respectively. It is assumed that heat transfer appears in 

the direction of the outer and inner cylinder surfaces to flow. 

As a result, an adiabatic surface appears in the flow between 

the outer and inner cylinder surfaces. The governing equations, 

continuity, momentum and energy equations, are solved by 

using Separation of variable method, eigenvalue problem, 

Sturm-Liouville system, Bessel differential equation and 

properties of Ortogonal functions. Temperature distribution, 

local mean fluid temperature, local Nusselt number and local 

convection heat transfer coefficient are calculated. The local 

temperature or local heat flux of a wall is calculated if heat flux 

or temperature on that wall is known, respectively. The local 

location and the local temperature of the adiabatic surface are 

calculated as well. 

INTRODUCTION 
Heat transfer in the thermally developing region of annuli is 

of importance, among the others, in heat exchangers. Such heat 

transfer problem is handled by some investigators. Here is a 

review found in open literature. 

Heat transfer for thermally developing flow is investigated 

in the work of Heaton et al. [1]. They assumed that one wall is 

heated and the other is adiabatic.  

The work of Hatton and Quarmby [2] deals with heat 

transfer in the entrance region of annuli. They assumed uniform 

temperature or uniform heat input on the inside wall and 

insulated outer wall. They investigated also the case in which 

heat is transferred at uniform but unequal rates at both walls. 

Heat transfer in the entrance region of laminar flow in 

annuli is analyzed by Worsøe-Schmidt [3]. This work assumes 

constant temperature or constant heat flux on one wall and 

adiabatic another wall.  

NOMENCLATURE 
[-] Constants 

[w/(m2.K)] Heat convection coefficient 

[W/(m.K)] Thermal conductivity 

[m] Length 

[-] Norms 

[-] Nusselt number 

[N/m2]  Pressure 

[-] Prandtl number 

[W/m2]  Heat flux 

[-] Reynolds number 

[m] Radius, A function 

[K] Temperature 

[m/s] Velocity in   direction 

[m/s] Velocity in   direction 

[-] Weight function 

[-] A function 

[-] Cylindrical coordinates 

[-] A function 

[-] Eigenfunctions 
Greek symbols 

[m2/s] Thermal diffusivity  

[m] Distance  

[-] Difference 

[-] Nondimensional radial coordinate 

[-] Nondimensional temperature  

[-] Eigenvalue 

[Pa.s] Dynamic viscosity 

[m2/s] Kinematic viscosity 

[-] Nondimensional axial coordinate 

[kg/m3] Density 

[-] A function 

[-] A function 

[-] A function 
Subscripts 

[-] Adiabatic 

[-] Inner 

[-] Inlet 

[-] Lower side 

[-] Mean 

[-] Outer 

[-] Upper side 

[-] Wall 

Lin et al. [4] analyzed forced-convection heat transfer for 

steady, laminar and constant-property flow in the entrance 

region of annuli numerically. Both T type boundary condition 
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(uniform temperature both axially and peripherally) and H1 

boundary condition (uniform axial heat flux with uniform 

peripherally temperature) are considered. 

Syed et al. [5] carried out a numerical simulation for steady 

and laminar flow in the entrance region of annuli. The work 

assumed a hydrodynamically fully developed flow with a 

uniform heat flux thermal boundary condition and fins at the 

walls.  

Axtmann et al. [6] investigated the effect of axial 

conduction on heat transfer performance of annular flow when 

it is hydrodynamically fully developed and thermally 

developing. The inner cylinder wall is either adiabatic, or, at 

constant temperature   . The outer cylinder wall temperature 

is constant at   .  

Dirker and Kohlmeyer [7] derived an experimental work to 

determine local heat transfer coefficients at the inlet of an 

annular flow passage. The fluid was water and the inner surface 

of annuli was at uniform heat flux boundary condition. The 

temperature at the inner surface of the annuli was found by 

using a camera. The authors concluded that the local heat 

transfer coefficients were significantly higher at the inlet, and 

decreased as the boundary layers developed. T 

Bennett [8] studied the thermal entrance region for laminar-

forced convection of a Newtonian fluid in an annular tube. In 

the solution, either inner, or outer wall is adiabatic. The Nusselt 

number for a wall, which is not adiabatic, is calculated.  

In this work heat transfer in the entrance region of annuli is 

analyzed. It is assumed that the flow is thermally developing in 

the entrance region. It is also assumed that the axial fluid 

velocity in radial direction is constant. A mixed thermal 

boundary condition, namely, constant temperature at inner 

cylinder surface and constant heat flux at outer cylinder 

surface, is considered. Assuming a mixed thermal boundary 

condition, finding the geometric and thermal aspects of 

adiabatic surface and using an analytical approach in this paper 

make the differences between the open literature and present 

paper.  

 

PROBLEM STATEMENT 
The geometry of flow and cylindrical coordinates are shown 

in Fig. 1.  

 
Figure 1 Flow in annuli, cylindrical coordinates, geometric 

values 

 

The flow is in   direction between inner and outer cylinders 

of radii    and   , respectively. Mixed thermal boundary 

conditions are applied. This means that the inner and outer 

cylinder surfaces are kept at constant temperature      and 

constant heat flux     
  , respectively. Flow enters to the annuli 

at     temperature. The thermophysical properties are assumed 

to be constant. Heat transfer is in the direction of annuli 

surfaces to the flow. Therefore, an adiabatic surface of radius 

    appears between the inner and upper cylinder surfaces. The 

flow length is  . 

The flow is assumed to be hydrodynamically developed and 

thermally developing in the entrance region. The portion of 

annuli where the flow is thermally developing is called 

“entrance region”. The aim of this paper is to investigate heat 

transfer in the entrance region.  

 

HYDRODAYNAMIC SOLUTION 
Heat transfer analysis of the problem requires handling of 

coupled continuity, momentum and energy equations 

simultaneously. Since the flow is of constant thermophysical 

properties, the equations are uncoupled and can be handled 

individually.  

Hydrodynamic solution of the problem requires solution of 

continuity and momentum equations. Axial and radial velocity 

components are   and  . The flow is incompressible. It is 

assumed that the flow is two dimensional. That is, there is no 

velocity component in   direction. 

The continuity and momentum equations for such flow are 
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The flow is hydrodynamically developed, so 
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This will reduce the momentum equation, Eq.  (2), to 
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In analyzing thermal problem, an adiabatic surface of radius 

    appears between the inner and upper cylinder surfaces. The 

flow region where          is called “upper side”, the 
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flow region where          is called “lower side”. The 

quantities belonging to “upper side” and “lower side” are 

differentiated by    and     indices, respectively.  

The mean velocity    and velocity distribution   in 

“upper” and “lower” sides are given below. 
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THERMAL SOLUTION 
Thermal solution requires knowledge on velocity 

distribution. The variation of velocity in upper and lower sides 

is given by Eqs. (13) and (16), respectively. These equations 

are used in solution of energy equation in upper and lower 

sides, respectively. 

 

a) UPPER SIDE 
Fig. 2 shows the cross section of the flow region. The flow 

region is between the outer cylinder surface and adiabatic 

surface. The boundaries of “upper side” are; adiabatic at bottom 

surface and at constant heat flux     
   at top surface (outer 

cylinder surface of annuli).  

                   
Figure 2 Cross section of flow region and thermal boundary 

conditions 

 

The energy equation and thermal boundary conditions for 

the upper side are given below. 
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(20) 

 

(21) 

The distance between outer cylinder surface and adiabatic 

surface is 

                                                                                           (22) 

Nondimensional temperature, nondimensional axial coordinate, 

nondimensional radial coordinate, characteristic length   , 

Reynolds and Prandtl numbers are defined as follows. 
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The velocity distribution of the upper side is given in Eqs. (13) 

and (14). The velocity distribution can be written in terms of 

nondimensional quantities. 

                       [    
    

      (      )    ]             (24) 

Eq. (24) is substituted and the energy equation and its boundary 

conditions are expressed in terms of nondimensional quantities. 
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(28) 

A partial differential equation can be solved by applying the 

separation of variables method if the partial differential 

equation and its boundary conditions are homogenous. In the 

system above, at     
  

   
, the boundary condition is not 

homogeneous. In order to apply separation of variables method, 

the relevant boundary condition will be changed to a 

homogeneous one by selecting the appropriate    (   ) and 

   (   )  functions. The functions    (   ) and    (   ) are 

so that they satisfy the following ordinary differential equations 

and boundary conditions. 
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Thus,    (   ) and    (   ) functions can be calculated as, 
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(37) 

Now, it is assumed that 

   (       )     (       )     (   )     (   )         (38) 

If the energy equation and its boundary conditions are used 

with this assumption, the following differential equation and its 

boundary conditions are obtained. 
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(42) 

At the points     
   

   
 and     

  

   
 the boundary conditions 

are homogeneous, so the separation of variables method can be 

applied to the solution of the problem. It is assumed that 

                         (       )     (   )   (   )                        (43) 

where    (   ) and   (   ) are the functions of only     and 

only    , respectively. This assumption is used in Eq. (39) and 

two ordinary differential equations are obtained.  

The first ordinary differential equation and its solution are 
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The second ordinary differential equation and its boundary 

conditions are 
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(47) 

The second ordinary differential equation with its boundary 

conditions makes a Sturm-Liouville system. Therefore, it has 

an infinite number of eigenvalues            and infinite 

number of eigenfunctions (solutions) 

                            . The eigenfunctions (solutions) 

are Ortogonal functions. Therefore, the solution of the second 

ordinary differential equation is as follows. 

                                                                                                  (48) 

As far as the solution of the first and second ordinary 

differential equations are found, the general solution 

of   (       ) function can be written as 
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The coefficients       are still unknowns. In order to find       

coefficients, the last boundary condition for    , Eq. (40), is 

used in the general solution, Eq. (49). 
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                 functions in this series are Ortogonal. Now, it 

is time to get help from mathematics, or, directly get use of 

properties of Ortogonal functions expressed in M. Necati 

Özışık [9]. Such application will lead to calculate       

coefficients. 

                                   ∑  

 

   

                                             
 

(51) 

   ∫ [        ]
       

 

 

                                                         
 

(52) 

   
 

  

∫                   
 

 

                                               
 

(53) 

Here, 

      
 

 

  

   

   

(           )
   
 

[
 
 
  

 

 
   

    
  

  [  (      )   ]

   ]
 
 
 

  

                                                       
  

   

     

(           )
             

(54) 

           [    
    

      (      )    ]         

                          
   

   

            
  

   

                                             

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 161 of 1061



    

Therefore, the coefficients of       in the series can be 

calculated.  

If the functions  (   ),  (   )  and  (       ) given by Eqs. 

(34), (35) and (49) are used in Eq. (38), the nondimensional 

temperature distribution can be found. 
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The average temperature (     ) is determined as 
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The outer cylinder surface temperature      with constant heat 

flux     
   is calculated by taking      or     

  

   
 in the 

temperature distribution. 
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The adiabatic bottom surface temperature of the “upper side” is 

calculated by taking       or     
   

    
 in the temperature 

distribution.  
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(62) 

The local convective heat transfer coefficient can be calculated 

as, 
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The local Nusselt number is defined and calculated. 
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(64) 

If the local Nusselt number far from the inlet, or 

mathematically when      , is calculated, some terms in 

Eq. (64) vanish.  

   (           
  

   

)                                                       
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(65) 
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(67) 

 

(68) 

So, the local Nusselt number reduces to a constant. 

        
 

   (    
  

   
)  

   

  

                                  
 

(69) 

Thus, far from the inlet or more clearly, in thermally fully 

developed flow region, the Nusselt number (heat transfer) is a 

constant. This is an expected result and, at same time, a 

validation for the calculations.  

 

b) LOWER SIDE 
Fig. 2 shows the cross section of the flow region. The flow 

region is between the inner cylinder surface and adiabatic 

surface. The boundaries of “lower side” are; adiabatic at top 

surface and at constant temperature      at bottom surface 

(inner cylinder surface of annuli). The energy equation and 

thermal boundary conditions for the lower side are given 

below. 
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Nondimensional temperature and characteristic length are 

defined as 

     
         

        

                                               

The energy equation and boundary conditions will take the 

following form if the nondimensional parameters are used. 
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Homogenous systems (differential equation with its boundary 

conditions) can be solved by using separation of variables 

method. The system above is homogeneous, so, separation of 

variables method is applied to solve the system. It is supposed 

that the temperature is of the following form. 
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where      and      are the functions of only   and only  , 

respectively. Application of this equation in Eq. (75) results in 

two ordinary differential equations.  

The first ordinary differential equation and its solution are 
  

  
 

 

    

    
                             

 
 

    
    
  

                

where      and        are any arbitrary constants.  

The second ordinary differential equation and its boundary 

conditions are 

   

   
 

 

 

  

  
     

                                            

                                                                          

                                         
     

  
                        

This differential equation together with its boundary conditions 

constitutes a Sturm-Liouville system. Its solution is supposed to 

be  

    (        )                                       
As far as the solution for the first and second ordinary 

differential equations are known, the general solution for 

temperature can be found. 
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The coefficients        are still unknowns. Application of the 

boundary conditions related with  , Eq. (76), results in 
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  (        ) functions in this series are Ortogonal. Now, it is 

time to get help from mathematics, or, directly get use of 

properties of Ortogonal functions expressed in M. Necati 

Özışık [9]. Such application will lead to calculate        

coefficients. 

       
 

  

∫   (        )   
   

  

                                               

Where, 

  (        )    (       )  (        )   

  (        )  (       )         

 

 (      )
 

  

 

    
   

  (         )

  
 (        )    

  (         )
                          

At this stage, the temperature distribution in lower side is 

completely known. 

The mean temperature        can be calculated from 

       
∫                  

∫              

                          

The result of calculation is 
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The inner cylinder surface is kept at constant temperature     . 

The local heat flux at the inner cylinder surface     
   can be 

determined. 
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The top surface of lower side is adiabatic. The temperature at 

this surface         can be calculated by using temperature 

distribution, Eq. (85), when      . 
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The local convection heat transfer coefficient is calculated as 
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The local Nusselt number is also calculated. 
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It worth’s noting that far from entrance for lower side, 

mathematically when    , from Eq. (91), the mean 

temperature is equal to inner surface temperature, 

                                                              
That is, no heat is transferred to fluid from inner cylinder 

surfaces. This is an expected result when heat transfer far froet 

is analyzed.  
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c) Location of adiabatic surface,     
The temperature at adiabatic surface is calculated from both 

the upper and lower sides, Eqs. (62) and (93). In order to find 

the location of adiabatic surface,    , these two temperatures 

must be equal. That is, 
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)     (    
   

   

)     (   )]   
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  (          ) 
 

 
    

    
  

           

Location of adiabatic surface,    , can be derived from this 

equality. 

 

CONCLUSION 
Heat transfer for thermally developing flow in the entrance 

region of an annuli is investigated. As a very important 

hydrodynamics of flow, it is assumed that axial velocity is 

constant in radial direction. A mixed thermal boundry 

condition, namely, contant temperature on the inner cylinder 

surface and constant heat flux on the outer cylinder surface, is 

assumed. Since heat is transfered from the inner and outer 

cylinder surfaces of annuli toward the flow, an adiabatic 

surface appears in the flow between the inner and outer 

cylinder surface of annuli. The location and temperature of the 

adiabatic surface are determined. Local heat fluxes, local 

convection heat transfer coefficients and local Nusselt numbers 

on both inner and outer surfaces are found. Temperature 

distribution and mean fluid temperature at two sides of the 

adiabatic surface, upper and lower sides, are calculated too.   
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ABSTRACT 
In microscale heat exchangers and heat sinks, use of circular 

microchannels is common. The area of the transverse section of 

the solid material perpendicular to the fluid flow direction in 

micro-scale heat transfer devices is comparable to the channel 

cross-section area. Consequently, the magnitude of axial 

conductive heat transfer in the solid becomes comparable to the 

convective transport in the fluid. This increase is further 

enhanced due to the low fluid flow rates and the physical 

properties like the thermal conductivity of the construction 

material, both inherent to microchannels. As a result, 

conventional macro-scale models, either neglecting the wall 

thickness or based on one-dimensional heat transfer, are not 

appropriate for designing such devices. In the present work, an 

analytical model describing forced convection of fluid through a 

thick circular microchannel, subjected to a constant heat flux 

boundary condition, has been developed. Axisymmetric 

geometry allows the use of a cylindrical coordinate system. The 

solution to the boundary-value problem (obtained using the 

separation of variables and modified Bessel functions) results in 

a rapidly converging series expression for the wall and the fluid 

temperatures. Recently, experimental investigation of liquid 

nitrogen flow through thick circular microchannels have 

concluded the applicability of conventional heat transfer 

coefficients in the micro-domain. The same experimental data 

have been used to validate the present model with a good 

agreement between the results (with an average deviation of 

~11% in wall temperature). The results are presented in non-

dimensional solid and fluid temperature profiles corresponding 

to the parametric variation of geometric and flow variables. 

Additionally, the interfacial flux distribution is explored to 

reveal the actual boundary condition experienced by the fluid. 

Finally, expressions are proposed to estimate the magnitude of 

axially conducted heat for given heat input. For example, when 

a copper channel with an outer to inner diameter (𝐷ℎ =
0.5 𝑚𝑚) ratio of 2 is subjected to internal flow of water at 

Reynolds number, 𝑅𝑒 = 5, a substantial amount (~40%) of the 

supplied heat flows axially. 

INTRODUCTION 
The decrease in the size of electronic equipment comes allied 

with increasing power densities [1]. The result is the need for 

efficient and reliable cooling solutions at miniaturized scales. 

Some possible options are miniaturized heat sinks, heat 

exchangers and heat pipes [2, 3]. The defining characteristic of 

such devices is conduits with hydraulic diameter, 𝐷ℎ < 10−3 𝑚
[4]. The small 𝐷ℎ leads to high heat transfer coefficients.

Additionally, multiple such channels are employed parallelly, 

leading to a high surface-area to volume ratio or enhanced 

compactness. However, the benefits of miniaturization are often 

accompanied by increased prominence of specific effects that 

could be neglected at a macro-scale. These factors are termed 

scaling effects, as coined by Herwig and Hausner [5], and include 

surface roughness [6], variable material properties and axial 

conduction [7]. The authors [5] conclude that the conventional 

governing equations describing fluid flow and heat transfer are 

still applicable in the micro-domain, albeit the scale effects are 

incorporated during modelling. Indeed, macroscopic models for 

heat-transfer devices are frequently based on underlying 

assumptions (such as one-dimensional conduction), which 

neglect these scaling factors, rendering them unsuitable for use 

in the micro-realm. 

Axial conduction occurs naturally whenever there is fluid 

flow over a heated (or cooled) surface due to the development of 

a temperature gradient in the solid. However, this effect becomes 

significant in micro-devices as the relative magnitude of the 

axially conducted heat in the solid becomes comparable to the 

convective transport in the fluid. 

The effect of axial conduction has been studied in parallel 

plate channels by Maranzana [8] and Cole and Cetin [9]. 

Computational studies on rectangular channel heat sinks are 

performed in Moharana et al. [10], Kosar [11], while an analytical 

model is proposed in Mitra and Ghosh [7]. However, numerous 

heat transfer devices utilize circular channels machined inside 

solid blocks [2,12]. As a result, the transverse solid conduction 

area to fluid free-flow area ratio remains high, making them 

prone to axial conduction. Numerical studies on thick circular 

microchannels have been performed by Lelea [13], Baek et al. 

[14], and Nonino et al. [15], who used various discretization 

schemes to model heat transfer in the solid and fluid domain. 

They concluded that the intensity of axial conduction enhances 

as the ratio of the outer to the inner diameter of the channel 

increases. 
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NOMENCLATURE 
 
𝐷ℎ  𝑚  Hydraulic diameter 

ℎ  𝑊 𝑚2𝐾⁄   Heat transfer coefficient 

𝐼   Modified Bessel function of the first kind 

𝐾   Modified Bessel function of the second kind 

𝑘𝑠  𝑊 𝑚𝐾⁄   Solid thermal conductivity 

𝐿  𝑚  Channel length 

�̇�  𝑘𝑔 𝑠⁄   Fluid mass flow rate 

𝑛   Series or summation index 

𝑃1   Intermediate constant, 𝑃1 = 𝐼1(𝐴𝑟2)𝐾0(𝐴𝑟1) + 𝐼0(𝐴𝑟1)𝐾1(𝐴𝑟2)  

𝑃2   Intermediate constant, 𝑃2 = (𝑛𝜋)2 + (𝛼𝐿)2 

𝑃3   Intermediate constant, 𝑃3 = 𝛽𝐿{𝑒𝛼𝐿(2(𝛼𝐿)3 + (𝜋𝛼𝐿𝑛)2 +

(𝜋𝑛)4) − 2(𝛼𝐿)3(−1)𝑛} 

𝑃(𝑧)   Intermediate function, 𝑃(𝑧) = 𝐿𝛼 cos(𝐴𝑧) + 𝑛𝜋 sin(𝐴𝑧) 

𝑞  𝑊  Net heat input 

𝑞′′  𝑊 𝑚2⁄   Heat flux on the outer surface of the channel 

𝑞𝑎𝑥  𝑊  Average magnitude of heat conducted axially 

𝑟  𝑚  Radial coordinate 

𝑟1, 𝑟2  𝑚  Inner and outer radii 

𝑡  𝐾  Fluid temperature 

𝑇  𝐾  Solid temperature 

𝑢  𝑚 𝑠⁄   Fluid average inlet velocity 

𝑧  𝑚  Longitudinal or axial coordinate 

Greek letters 

𝛼  1 𝑚⁄   Pre-defined constant 

𝛽  1 𝑚⁄   Pre-defined constant 

𝛾  1 𝑚⁄   Pre-defined constant 

𝜆   Separation constant 

𝜙   Non-dimensional interfacial flux 

𝜎   Ratio of outer to inner diameter 

𝜃   Non-dimensional temperature 

𝜉   Separation constant 

Subscripts 

0  Bessel function of order 0 

1  Bessel function of order 1 

f  Fluid 

i  Inlet 

o  Outlet 

𝑥0, 𝜎   At inlet for a particular 𝜎 

𝑥0, 𝑅𝑒   At inlet for a particular 𝑅𝑒 

 

Nevertheless, an analytical study of this configuration is still 

lacking and might be helpful for the thermal engineer in creating 

rapid design iterations. The present work develops a 

mathematical model for the forced convection of a fluid through 

a thick circular channel subjected to a heat flux on the external 

surface. The model's objective is to generate the solid (𝑇) and 

fluid (𝑡) temperature distributions for a given geometry, material 

and flow configuration. These temperature fields are 

subsequently used to calculate the interfacial flux distribution 

and the magnitude of axially conducted heat in the solid domain. 

 

MATHEMATICAL MODEL 
The schematic of the geometry is shown in Figure 1a. The 

circular channel has an inner and outer radius of 𝑟1 and 𝑟2, 

respectively, with length 𝐿. The channel is subjected to a 

constant heat flux 𝑞′′ on the outer surface. Fluid enters at 𝑧 = 0 

with a mean velocity 𝑢 and temperature 𝑡𝑖. Exploiting the 

axisymmetric nature of the geometry in Fig. 1a, the modelling 

domain is restricted to the plane 𝐴𝐴′, as shown in Fig. 1b. 

The temperature of the solid domain is considered two-

dimensional, i.e., 𝑇(𝑟, 𝑧), while the fluid temperature 𝑡(𝑧), 
variation is considered streamwise. Additionally, the flow is 

assumed to be fully-developed. This assumption allows us to 

isolate the effects of axial conduction from the developing flow 

phenomena, which are reflected prominently near the channel 

entrance [3, 8-14]. 

  

 
 

Figure 1 Schematic of the modelling domain 

A cylindrical coordinate system centred at 𝑟 = 0, 𝑧 = 0 is 

chosen to model the problem. The solid temperature 𝑇(𝑟, 𝑧), is 

governed by the cylindrical Laplacian expressed as: 

 
𝜕2𝑇(𝑟,𝑧)

𝜕𝑟2 +
1

𝑟

𝜕𝑇(𝑟,𝑧)

𝜕𝑟
+

𝜕2𝑇(𝑟,𝑧)

𝜕𝑧2 = 0           (1) 

Equation 1 is subjected to the following boundary conditions: 
𝜕𝑇(𝑟,0)

𝜕𝑧
=

𝜕𝑇(𝑟,𝐿)

𝜕𝑧
= 0             (2) 

𝜕𝑇(𝑟2,𝑧)

𝜕𝑟
=

𝑞′′

𝑘𝑠
= 𝛾             (3) 

𝜕𝑇(𝑟1,𝑧)

𝜕𝑧
= 𝛽[𝑡(𝑧) − 𝑇(𝑟, 𝑧)]                           (4) 

In Eq. 4, 𝛽 = ℎ 𝑘𝑠⁄ . The governing equation for the radially 

lumped fluid temperature (neglecting viscous dissipation) is 

described by: 
𝜕𝑡

𝜕𝑧
+ 𝛼[𝑡(𝑧) − 𝑇(𝑟1, 𝑧)] = 0             (5) 

where 𝛼 = 2 ℎ 𝜌𝑐𝑝𝑢𝑟1⁄ . The fluid inlet temperature, 𝑡(𝑧 = 0) =

𝑡𝑖, is known and acts as the boundary condition for Eq. 5. 

Equation 1 and Eq. 5 are coupled and cannot be solved in 

isolation. 

 

SOLUTION 
The solution to the coupled system is obtained using a 

modified form of separation of variables wherein 𝑇(𝑟, 𝑧) is 

expressed as a linear combination of multiplicative and additive 

solutions. Additive solutions are generally used to solve 

convection-diffusion, delay reaction-diffusion and some non-

linear partial differential equations [16, 17]. 

The solid temperature 𝑇(𝑟, 𝑧) is expressed as a multiplicative 

solution in Eq. 6: 

𝑇(𝑟, 𝑧) = 𝑅(𝑟)𝑍(𝑧)               (6) 

Substituting Eq. 6 into Eq. 1 leads to the following separated 

components in the 𝑧 and 𝑟 co-ordinate: 
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𝑍(𝑧) = 𝑐1 cos(𝜆𝑧) + 𝑐2 sin(𝜆𝑧)             (7) 

𝑅(𝑟) = 𝑐3𝐼0(𝜆𝑟) + 𝑐4𝐾0(𝜆𝑟)             (8) 

In Eq. 8, 𝐼0(𝜆𝑟) and 𝐾0(𝜆𝑟) are the zero-order modified Bessel 

functions of the first and second kind, respectively, whereas 𝜆 is 

the constant of separation. Subsequently, an additive solution is 

assumed of the following form: 

𝑇(𝑟, 𝑧) = 𝑅𝑎(𝑟) + 𝑍𝑎(𝑧)                          (9) 

Substituting Eq. 9 into Eq. 1, leads to the following separated 

components: 

𝑍𝑎(𝑧) = 𝑐5 + 𝑐6𝑧 +
𝜉𝑧2

2
            (10) 

𝑅𝑎(𝑟) = −
𝜉𝑟2

4
+ 𝑐7 ln(𝑟)            (11) 

In Eq. 10-11, 𝜉 is the separation constant. Assembling all the 

components, 𝑇(𝑟, 𝑧) can be expressed as: 

𝑇(𝑟, 𝑧) = 𝑅(𝑟)𝑍(𝑧) + 𝑅𝑎(𝑟) + 𝑍𝑎(𝑧)                                (12) 

Equation 12 has seven unknown constants. Applying the boundary 

conditions for 𝑧 = 0, 𝐿 (Eq. 2), it can be deduced that 𝑐2 = 𝑐6 = 0, 𝑐1 =

1, ξ = 0 and 𝜆 = 𝑛𝜋 𝐿⁄  for 𝑛 ∈ 𝑍. Thus 𝑇(𝑟, 𝑧) becomes an infinite 

series in 𝑛 and takes the following form: 

𝑇(𝑟, 𝑧) = ∑ [𝑐5 + {𝑐3𝐼0(𝐴𝑟) + 𝑐4𝐾0(𝐴𝑟)} cos(𝐴𝑧) + 𝑐7 ln(𝑟)]∞
𝑛=0    (13) 

where, 𝐴𝑟 = 𝑛𝜋𝑟 𝐿⁄ . The abbreviation 𝐴 is used throughout this work 

with the subscript indicating the variable to be substituted in the 

numerator (For example: 𝐴𝑧 = 𝑛𝜋𝑧 𝐿⁄ ). Utilizing the boundary 

condition on the outer surface, i.e., 𝑟 = 𝑟2 (Eq. 3) on Eq. 13 gives 𝑐4 =

𝑐3𝐼1(𝐴𝑟2) 𝐾1(𝐴𝑟2)⁄ , and 𝑐7 = 𝑟2𝛾. Hence, the solid temperature 

distribution can be written as: 

𝑇(𝑟, 𝑧) = 𝑐5 + 𝑟2𝛾 ln(𝑟) + 𝑐3 ∑ [𝐼0(𝐴𝑟) cos(𝐴𝑧) +∞
𝑛=0

𝐼1(𝐴𝑟2)𝐾0(𝐴𝑟) cos(𝐴𝑧)

𝐾1(𝐴𝑟2)
]                  (14) 

The modified Bessel function 𝐾1 is unbounded for 𝑛 = 0, rendering Eq. 

14 unsolvable. To circumvent this problem, we solve Eq. 14 in the limit 

of 𝑛 → 0. In essence, the 𝑇(𝑟, 𝑧) infinite series is decomposed into the 

𝑛 = 0 and 𝑛 ∈ [1, ∞) terms: 

𝑇(𝑟, 𝑧) = 𝑇0(𝑟, 𝑧) + ∑ 𝑇𝑛(𝑟, 𝑧)∞
𝑛=1                       (15) 

Taking limit as 𝑛 → 0 in Eq. 14, we get 𝑐3 = 0 and the following: 

𝑇0(𝑟, 𝑧) = 𝑐5 + 𝑟2𝛾 ln(𝑟)            (16) 

Hence for 𝑛 ≠ 0, the expression is: 

𝑇𝑛(𝑟, 𝑧) = ∑ [𝑐3 {𝐼0(𝐴𝑟) +
𝐼1(𝐴𝑟2)𝐾0(𝐴𝑟)

𝐾1(𝐴𝑟2)
} cos(𝐴𝑧)]∞

𝑛=1         (17) 

It can be seen that there are only two unknown constants 𝑐3 and 𝑐5 that 

are left to be determined. However, both of these appear separately in 

Eq. 16 and 17. Subsequently, the wall temperature components are 

individually substituted in the fluid temperature equation, i.e., Eq. 5. 

Thus, the fluid variable 𝑡(𝑧), gets split into the 𝑡0(𝑧) and 𝑡𝑛(𝑧) 

components: 

𝑡(𝑧) = 𝑡0(𝑧) + ∑ 𝑡𝑛(𝑧)∞
𝑛=1             (18) 

These components evaluate to: 

𝑡0(𝑧) = 𝑐5 + 𝑐8
0𝑒−𝑧𝛼 + 𝑟2𝛾 ln(𝑟1)                                               (19) 

𝑡𝑛(𝑧) = 𝑐8𝑒−𝑧𝛼 +
𝑐3𝐿𝛼𝑃(𝑧)

𝐾1(𝐴𝑟2)

𝑃1

𝑃2
                                                        (20) 

In Eq. 20, the constants 𝑃1 = 𝐼1(𝐴𝑟2)𝐾0(𝐴𝑟1) + 𝐼0(𝐴𝑟1)𝐾1(𝐴𝑟2) and 𝑃2 =

(𝑛𝜋)2 + (𝛼𝐿)2, while the function 𝑃(𝑧) = 𝐿𝛼 cos(𝐴𝑧) + 𝑛𝜋 sin(𝐴𝑧). 

The constants 𝑐8
0 and 𝑐8 appear because of the integration performed to 

solve the fluid equation. The fluid temperature at the inlet, i.e., 𝑧 = 0 is 

known, i.e., 𝑡(𝑧 = 0) = 𝑡𝑖. Equation 18 is now evaluated at 𝑧 = 0 and 

the 𝑡0(𝑧) term is equated to 𝑡𝑖, which gives: 

𝑐8
0 = −𝑐5 + 𝑡𝑖 − 𝑟2𝛾 ln(𝑟1)                                   (21) 

Observing Eq. 18, since at 𝑧 = 0, 𝑡0(0) = 𝑡𝑖, this leads to 𝑡𝑛(0) = 0, 

which gives: 

𝑐8 =
−𝑐3(𝐿𝛼)2

𝐾1(𝐴𝑟2)

𝑃1

𝑃2
                   (22) 

The final boundary condition, i.e., Eq. 4 (also responsible for coupling 

the solid and fluid temperatures) is now utilized. The resulting 𝑡(𝑧) and 

𝑇(𝑟1, 𝑧) from Eq. 18 and 14 gets substituted in Eq. 4: 

𝑟2𝛾

𝑟1
+ {

𝑐3𝑛𝜋

𝐿
(𝐼1(𝐴𝑟1) −

𝐼1(𝐴𝑟2)𝐾1(𝐴𝑟1)

𝐾1(𝐴𝑟2)
)} cos(𝐴𝑧) = 𝛽 [{𝑐3 (𝐼0(𝐴𝑟1) +

𝐼1(𝐴𝑟2)𝐾0(𝐴𝑟1)

𝐾1(𝐴𝑟2)
)} cos(𝐴𝑧) − 𝑒−𝑧𝛼 {𝑐5 − 𝑡𝑖 + 𝑟2𝛾 ln(𝑟1) −

𝑐3𝐿𝛼𝑃1(𝑒𝑧𝛼𝑃(𝑧)−𝐿𝛼)

𝑃2𝐾1(𝐴𝑟2)
}]  (23) 

Both sides of Eq. 23 are under summation from 𝑛 = 0 to ∞. However, 

the unbounded nature of 𝐾1 at 𝑛 = 0, leads to a decomposed evaluation 

of Eq. 23 which gives for 𝑛 = 0: 
𝑟2

𝑟1
𝛾 = 𝑒−𝑧𝛼𝛽(𝑐5 − 𝑡𝑖 + 𝑟2𝛾 ln(𝑟1))          (24) 

Integrating Eq. 24 across 𝑧 = 0 to 𝐿, leads to: 

𝑐5 = 𝑡𝑖 +
𝑒𝐿𝛼𝐿𝑟2𝛼𝛾

𝛽𝑟1(𝑒𝐿𝛼−1)
− 𝑟2𝛾 𝑙𝑛(𝑟1)                                               (25) 

For the 𝑛 ≠ 0 terms, the orthogonality of the cos(𝐴𝑧) is utilized. 

Equation 23 is multiplied with cos(𝐴𝑧) and integrated over the 

𝑧 −domain to find: 

𝑐3 = 2𝐿3𝛼2𝛾𝑟2𝑒𝛼𝐿(𝑒𝛼𝐿 + (−1)𝑛+1)
𝑃2𝐾1(𝐴𝑟2)

𝑟1𝑃4
                      (26) 

In Eq. (26), the term 𝑃4 is defined as  

𝑃4 = (𝑒𝛼𝐿 − 1)[𝐼1(𝐴𝑟2){𝜋𝑛𝑒𝛼𝐿𝑃2
2𝐾1(𝐴𝑟1) + 𝑃3𝐾0(𝐴𝑟1)} +

 𝐾1(𝐴𝑟2){𝑃3𝐼0(𝐴𝑟1) − 𝜋𝑛𝑒𝛼𝐿𝑃2
2𝐼1(𝐴𝑟1)}]          (27) 

In Eq. 27, 𝑃3 = 𝛽𝐿{𝑒𝛼𝐿(2(𝛼𝐿)3 + (𝜋𝛼𝐿𝑛)2 + (𝜋𝑛)4) − 2(𝛼𝐿)3(−1)𝑛}. 

Hence, the constitutive expressions for 𝑡(𝑧) i.e., 𝑡0(𝑧) and 𝑡𝑛(𝑧) are 

now provided: 

𝑡0(𝑧) = 𝑡𝑖 +
𝛼𝐿𝛾𝑟2𝑒𝐿𝛼(𝑒−𝑧𝛼−1)

𝛽𝑟1(1−𝑒𝛼𝐿)
                                   (28) 

𝑡𝑛(𝑧) = ∑
2𝛼3𝐿4𝛾𝑟2((−1)𝑛−𝑒𝛼𝐿)𝑒𝛼(𝐿−𝑧)𝑃1{𝑒𝛼𝑧𝑃(𝑧)−𝛼𝐿}

𝑟1𝑃4

∞
𝑛=1                               (29) 

Similarly, the constitutive expressions for the wall temperature 𝑇(𝑟, 𝑧) 

are: 

𝑇0(𝑟, 𝑧) = 𝑡𝑖 −
𝛼𝛾𝐿𝑟2𝑒𝛼𝐿

𝛽𝑟1(1−𝑒𝛼𝐿)
+ 𝛾𝑟2 ln (

𝑟

𝑟1
)          (30) 

𝑇𝑛(𝑟, 𝑧) = ∑ 2𝛼2𝛾𝐿3𝑟2𝑒𝛼𝐿(𝑒𝛼𝐿 + (−1)𝑛+1) cos(𝐴𝑧)∞
𝑛=1

𝑃1𝑃2

𝑃4
            (31) 

The solid and fluid temperatures can be evaluated by substituting the 

constituents in Eq. 15 and Eq. 18, respectively. It has been found that 

the series converges rapidly and truncating till 15 leading terms lead to 

accuracy suitable for engineering calculation purposes. 

 

HEAT TRANSFER ASSESSMENT 
To assess the influence of axial conduction, it is pertinent to know 

the actual boundary condition experienced by the fluid (in contact with 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 167 of 1061



  

  

the inner surface), although a constant heat flux condition is imposed on 

the outer surface. This can be achieved by calculating the non-

dimensional interfacial flux 𝜙, at the interface [10, 14]. It is defined as: 

𝜙(𝑥) =
𝑞𝑓

′′(𝑥)

𝑞𝑓(no AC)
′′                                    (32) 

In Eq. 32, 𝑞𝑓
′′(𝑥) is the actual flux experienced by the fluid at the 

interface. It is calculated using the axial conduction induced fluid 

temperature profile 𝑡(𝑧). On the other hand, the denominator 𝑞𝑓(no AC)
′′  

is evaluated using the conventional linear profile expected in the 

absence of any axial conduction. 

Additionally, the magnitude of axially conducted heat in the solid 

can be evaluated using Fourier’s law, as the solid temperature profile is 

available as a continuous function. The expression for the same is: 

𝑞𝑥(𝑥) = 𝑘𝑠𝜋(𝑟2
2 − 𝑟1

2)
𝑑�̅�(𝑧)

𝑑𝑧
           (33) 

In Eq. 33, �̅�(𝑧) is the average streamwise solid temperature (line-

integrated along the channel thickness). The average amount of axially 

conducted heat is calculated using Eq. 34: 

𝑞𝑎𝑥 =
1

𝐿
∫ 𝑞𝑥(𝑥)d𝑥

𝐿

0
                                   (34) 

Since 𝑞 is the net heat input to the domain, the fraction of heat conducted 

axially is 𝑞𝑎𝑥 𝑞⁄ .   

        

VALIDATION 
The proposed model is validated against the experimental data of 

Baek et al. [14]. The authors conducted experiments with liquid nitrogen 

flowing through steel microchannels (𝐷ℎ = 110 𝜇𝑚, 𝐷𝑜 𝐷𝑖 = 2.1⁄ ) to 

conclude that conventional heat transfer coefficients are applicable at 

the micro domain. The local wall temperature is measured using 

thermocouples adhered to the outer channel surface. The same 

observations (reported as Fig. 10 in [14]) have been extracted using an 

open-source software called WebPlotDigitizer [18] and compared 

against the predictions from the present model as shown in Fig. 2. 

The maximum deviation between the model and experiment is 12.6%, 

while the average deviation is ~11%. Based on the appreciable 

correspondence, the model is further utilized to study the influence of 

axial conduction for different flow, material and geometric 

configurations. 

 

 
Figure 2 Comparison between experimental and theoretical wall 

temperature 

 

 
 

RESULTS AND DISCUSSION 
The proposed theory is now utilized to demonstrate the influence of 

axial conduction under various geometric, material and flow 

configurations. The dimensions for the microchannel under study are 

tabulated in Table 1: 

Table 1: Specifications of the microchannel 

Material 𝑟1  𝑟2(in mm) 𝐿 (in mm) 

Cu, SS 0.5 1, 2 30 

Based on the ratio of outer to inner radii (𝜎 = 𝑟2 𝑟1⁄ ), two different 

channel configurations are chosen, namely, 𝜎 = 2 and 4. Water is 

chosen as the working fluid with a heat input of 1 𝑊. The heat transfer 

coefficient ℎ, required as an input in the present model, is calculated 

using the standard Nusselt number 𝑁𝑢 = 4.36 for internal flow in a 

circular channel subjected to constant heat flux [19]. Recently, Baek et 

al. [14], in their experimental studies on thick circular microchannels, 

have proved the applicability of conventional ℎ in the micro-domain.   

The temperature profiles presented in the subsequent sections have 

been non-dimensionalized according to the following scheme: 

𝜃 =
𝑇−𝑡𝑖

𝑡𝑖−𝑡𝑜
             (35) 

Non-dimensional fluid temperature is denoted by 𝜃𝑓 and calculated 

using 𝑡 instead of 𝑇 in Eq. 35. The critical factors affecting the intensity 

of axial conduction are the transverse solid conduction area and fluid 

flow rate. Their effects are now individually studied. 

 

a. Effect of channel thickness 
The effect of channel thickness is now analyzed while keeping the 

tube length, flow rate (𝑅𝑒 = 20) and heat input fixed. Figure 3 shows 

the wall (𝜃) and fluid temperature (𝜃𝑓) variations as a function of 

dimensionless length, (𝑥/𝐿) and 𝜎. Axial conduction induces 

considerable drift in the solid and fluid profiles away from the expected 

linear temperature variation (as usually happens for internal flow 

subjected to constant heat flux). 

 

 
Figure 3 Axial conduction induced drift in the solid and fluid 

temperature profiles for varying wall thickness 

 

The non-linearity in 𝜃, 𝜃𝑓 increases with an increase in 𝜎. Moreover, 

the solid temperature at the thicker channel's inlet is larger than, the 

thinner channel. This rise can be attributed to the higher transverse 

conduction area offered by, the thicker channel (𝜎 = 4), which 

enhances the magnitude of axially conducted heat. The constant flux 

boundary condition (b.c.) for internal convective flow implies uniform 

heating of the fluid with a linear temperature profile. However, in 

microchannels, the point of application of this b.c. is at a considerable 
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distance from the actual fluid-solid interface. Given these observations, 

it is pertinent to understand the localized heat transfer to the fluid at the 

interface. This clarity is achieved by studying interfacial flux in the form 

of 𝜙 defined in Eq. 32 and plotted in Fig. 4. 

 

 
Figure 4 Non-dimensional interfacial flux for varying channel 

thickness 

 

In Fig. 4, 𝜙 = 1, represents a situation where the constant flux 

applied at the outer surface is exactly replicated at the fluid-solid 

interface. However, when axial conduction is incorporated, the 𝜙 plots 

are spatially varying with magnitude far exceeding 1 near the entrance 

while decaying to < 1 further downstream. This non-uniform nature of 

𝜙 signifies an unequal flux distribution at the interface. Moreover, for 

𝜎 = 2 and 4, the local flux transfer at the inlet (𝜙𝑥0) is 𝜙𝑥0,𝜎2 = 3.43 <
𝜙𝑥0,𝜎4 = 4.12. These values indicate the higher heat transfer to the fluid 

near the inlet for the thicker channel (𝜎 = 4). This observation can be 

correlated to the temperature profiles shown in Fig. 3, where for 𝜎 = 4, 

the solid temperature at the inlet is higher than the 𝜎 = 2 channel. 

Additionally, the fluid temperature for 𝜎 = 4 exhibits a steeper gradient, 

indicating elevated localized heat transfer because of more significant 

axial conduction than the 𝜎 = 2 channel. In essence, the convective 

fluid is be subjected to a variable heat transfer. Alternatively, when the 

axial conduction is dominant,  the constant flux boundary condition on 

the outer periphery gets significantly distorted at the fluid-solid 

interface. 

  

b. Effect of flow rate 
Flow rate is a critical factor determining the intensity of axial 

conduction. The convective heat carrying capacity of the fluid is directly 

proportional to the rate of fluid flow through the channel. Due to their 

minuscule size, microchannels are generally subjected to meager flow 

rates. In such a scenario, unlike macro-channels, the ratio of conductive 

heat transport in the solid to convective transfer in the fluid might not 

be negligible. 

The present section studies the effect of varying flow rate (expressed 

in Reynolds number, 𝑅𝑒) for a fixed channel thickness (𝜎 = 2), length 

and heat input. Figure 5 shows the 𝜃 and 𝜃𝑓 profiles for two different 

flow rates corresponding to 𝑅𝑒 = 5 and 20. It is evident from Fig. 5 that 

the intensity of axial conduction is higher for 𝑅𝑒 = 5 compared to 𝑅𝑒 =
20, implied by the higher non-linearity in 𝜃𝑓 for the lower 𝑅𝑒. 

Moreover, for 𝑅𝑒 = 5, the majority of the rise in fluid temperature 

occurs near the inlet with a relatively flatter profile downstream. 

The heat transfer phenomena can be further explored by 

investigating the interfacial flux behaviour. Figure 6 shows the 𝜙 plots 

for both the 𝑅𝑒. It is evident from the spatially varying 𝜙 profiles that 

axial conduction leads to variable heat transfer to the fluid. This 

observation is corroborated by the corresponding non-linear 𝜃𝑓 profiles 

shown in Fig. 5. 

   

 
Figure 5 Axial conduction induce drift in solid and fluid 

temperature profiles for varying flow rate. 

 

Additionally, the magnitude of 𝜙 at the inlet for 𝑅𝑒 = 5 is much 

higher than 𝑅𝑒 = 20 (𝜙𝑥0,𝑅𝑒 5 ≈ 15 ≫ 𝜙𝑥0,𝑅𝑒 20 ≈ 3). This 

observation implies large localized heat transfer near the inlet for the 

lower flow rate, also evident from the corresponding steep fluid 

temperature rise in Fig. 5. Due to energy balance, the large heat transfer 

near the channel inlet is compensated by lower heating (𝜙 < 1) in the 

downstream length. The direct consequence of this is the low fluid 

temperature rise for 𝑅𝑒 = 5 in the downstream section.   

 

 
Figure 6 Non-dimensional interfacial flux for varying flow rates 

 

In other words, the net heat supplied to the channel is partly 

conducted to the fluid-solid interface to get transferred to the fluid, 

while the remaining is conducted axially on account of the temperature 

gradient existing in the wall. At higher flow rates, the fluid's more 

extensive heat carrying capacity makes convection the dominant mode 

of heat transfer. However, as flow rates reduce, the relative magnitude 

of the convective transport in fluid and axially conducted heat in the 

solid becomes comparable and the latter's effect becomes significant. 
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c. Average axially conducted heat 

Based on the preceding parametric analysis, the amount of heat 

conducted axially in the solid has now been calculated using Eq. 34. 

Additionally, a set of similar calculations is performed for a steel sink 

(low thermal conductivity). The results are summarised in Table 2. 

It is evident from Table 2 that a substantial amount of the supplied 

heat can pass longitudinally in the copper channel if favourable 

conditions supporting axial conduction exist. For example, ~40 % of 

the supplied heat flows longitudinally in the copper channel at 𝑅𝑒 = 5. 

In contrast, due to its low thermal conductivity, the steel channel offers 

significant thermal resistance to the axial flow of heat. Consequently, 

the fraction of axially conducted heat is < 15 %, even for the flow 

configuration vulnerable to intense axial conduction.   

Table 2: Fraction of heat input conducted axially (in percentage) 

A. Solid conduction area, 𝑅𝑒 = 20 

𝝈 (qax q⁄ ) in Cu  (qax q⁄ ) in SS  

2 19 3 

4 26 9 

B. Flow rate, 𝜎 = 2 

𝑹𝒆 (qax q⁄ ) in Cu  (qax q⁄ ) in SS  

5 40 13 

20 19 3 

 

 
CONCLUSIONS 

Forced convective flow through thick circular microchannels 

subjected to a constant heat flux has been analytically modelled as a 

coupled boundary value problem such that the scaling effect of axial 

conduction is incorporated. The proposed model is validated against 

experimental data of Baek et al. [14]. The model produces the solid and 

fluid temperature as rapidly converging series expressions for a given 

geometric and flow configuration. The temperature functions have been 

post-processed to calculate the interfacial flux distribution and the 

average magnitude of heat conducted axially.    

Subsequently, a detailed study involving critical flow and geometric 

parameters is carried out. Following are some significant conclusions: 

1. Increasing channel thickness and decreasing flow rate both result in 

increased axial heat transfer. The increase is significant when the 

microchannel is made of a highly conductive material. 

2. The effect of enhanced axial heat transfer is reflected in the solid and 

fluid temperature profiles (Fig. 3 and 5). Instead of the linear growth 

predicted by the one-dimensional macro-scale theory, axial 

conduction induced drift leads to non-linear solid and fluid 

temperature variations. This non-linearity increases with an increase 

in axial conduction. 

3. With increased axial conduction effects, a large part of the net heat 

input gets transferred to the fluid near the inlet section. The interfacial 

flux distribution (Fig. 4 and 6) supports this observation, which 

exhibits a maximum near the channel inlet. Consequently, the fluid 

temperature profiles experience a sharp rise at the entry with a 

relatively flatter profile downstream when axial conduction effects 

dominate. In other words, the constant flux condition applied at the 

outer surface is not replicated at the fluid-solid interface. 

4. Under conditions favourable to axial conduction, a significant amount 

of heat can flow axially for highly conductive materials. However, 

low thermal conductivity leads to increased thermal resistance in the 

axial direction and dampens the magnitude of axial heat transfer, even 

for geometric and flow configurations favouring axial conduction. 
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ABSTRACT 
MARS is a thermal-hydraulic system analysis code, which 

has been developed for the design and safety analysis of a water-

cooled nuclear power plant. It has been validated using various 

experimental data and showed robustness and versatility. Also, 

it has an advantage to realistically predict two-phase flow 

behaviors in both a steady-state and a transient. Recently, there 

have been some needs and attempts for extensive analysis of a 

refrigeration cycle, such as a multi-split system air conditioner, 

using the MARS code. However, MARS has been mainly 

developed for the analysis of water-cooled systems, some 

modifications and assessment are needed for the refrigeration 

cycle analysis. In this study, we have implemented the 

thermodynamic properties of R-410A and a compressor model 

into the MARS code. The code has been assessed using a set of 

boiling and condensation heat transfer experiments for R-410A. 

Then, to evaluate the applicability of the modified code, we 

simulated a multi-split system air conditioner at Pusan National 

University. The results show that the modified MARS code can 

predict the transient behaviors of pressure, mass flow rate, 

compressor work and the coefficient of performance (COP) 

reasonably well. Some limitations and improvements to be made 

are also identified from the results. 

INTRODUCTION 
It is very important to figure out the optimal operating 

condition of commercial refrigerators and multi-system air 

conditioners to have high efficiency, small size, and low 

production cost in the refrigeration and air conditioning industry. 

To reduce the experimental cost and shorten the development 

period, there is a growing demand for refrigeration cycle analysis 

program. However, it is still difficult to accurately predict the 

two-phase flow phenomena and transient behaviours in the 

refrigeration cycle with the existing refrigeration cycle 

simulation programs. 

MARS [1] is one of the thermal-hydraulic system analysis 

codes that has been developed by Korea Atomic Energy 

Research Institution (KAERI) for the design and safety analysis 

of the nuclear power plant. It has advantages to predict the two-

phase flow behaviour realistically and perform both the steady-

state and transient calculation. Also, the MARS code has been 

verified and validated using various thermal-hydraulic 

experiments. 

NOMENCLATURE 

A [m2] Area 

dh [m] Hydraulic diameter 
Fo [-] Fouling factor 

G [kg/m2s] Mass flux 

h [W/m2K] Heat transfer coefficient 
Q [W] Heat transfer rate 

T [K] Temperature 

ΔT [K] Difference between bulk and wall temperature

Subscripts 
sat saturation 

Because of its robustness and versatility, there have been some 

attempts to apply the MARS codes to refrigeration cycle analysis. 

Son et al. [2] created the thermodynamic property file of R-134a 

for the MARS code and analyzed the heat transfer experiments 

of R-134a. Fisher et al. [3] developed the compressor model by 

modifying the existing pump model for Brayton cycle analysis 

of the RELAP5 code. Kim et al. [4] implemented the properties 

of R-410A into the MARS code and has assessed the heat 

transfer models of the modified MARS code. The results showed 

MARS can be applied to the refrigeration cycle analysis with 

some modifications. 

In this study, we performed the assessment of heat transfer and 

multi-system air conditioner cycle experiments to use the 

advantages of the MARS code to refrigeration cycle analysis. 

Boiling and condensation heat transfer experiments were 

analyzed first to assess the prediction performance of the MARS 

code. Then, we simulated the multi-system air conditioner 

experiment [5] with a modified MARS code using a compressor 

model [3]. Also, future improvements were identified from the 

calculation results. 

ASSESSMENT OF BOILING AND CONDENSATION 
HEAT TRANSFER EXPERIMENTS OF R-410A  

To determine the applicability of the modified MARS code 

to the refrigeration cycle analysis, boiling and condensation heat 

transfer experiments of R-410A were calculated to evaluate the 

prediction performance for heat transfer analysis. First, an 

analysis of the boiling and condensation heat transfer 

experiments in a horizontal tube was performed. Then, a 

condensation heat transfer experiment in a vertical tube and 

boiling heat transfer experiment in a multiport minichannel were 
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assessed. Table 1 summarizes the experimental data used for the 

calculation.  

Figure 1 and 2 show the nodalizations of the horizontal tube 

and vertical heat transfer test section, respectively. As shown in 

figures, each test section was modeled as three horizontal and 

vertical pipe components. The pressure boundaries were given to 

the inlet and outlet sides of the pipe, and the heat structure was 

applied to the central pipe to provide temperature and heat flux 

conditions for each experiment. In the case of a vertical tube, the 

inlet quality of the refrigerant was fixed as 1.0 according to the 

experimental conditions [22]. 

 Figure 3 shows nodalization of the multiport minichannel. 

Each channel was modeled as a single pipe component, and the 

heat flux condition was given by using the heat structure. Also, 

the heat transfer between the channels was considered by 

attaching the heat structure between each channel. 

 

Table 1 Experimental database 

Type Name 𝑇𝑠𝑎𝑡  
[℃] 

G 
[kg m2s]⁄  

𝑑ℎ 
[mm] 

 
 
 
 

Boiling 
(Horizontal 

tube) 

Kim et al. 
[6] 

-15.0 
~ 5.0 

70.0 
~ 211.0 

6.2 
/8.7 

Park et al. 
[7] 

-30 
~ -15.0 

100.0 
~ 400.0 

6.1 

Kundu et al. 
[8] 

5.87 100.0 
~ 300.0 

7.0 

Greco [9] 14.4 
~ 12.0 

360.0 
~ 1079.0 

6.0 

Ebisu et al. 
[10] 

5.0 150.0 
~ 300.0 

6.4 

Kim et al. 
[11] 

15.0 200.0 
~ 400.0 

5.0 

 
 
 
 
 
 
 
 

Condensation 
(Horizontal 

tube) 

Gaibel et al. 
[12] 

35.0 150.0 
~ 500.0 

7.0 

Cavallini et 
al. [13] 

40.0 100.0 
~ 750.0 

8.0 

Oh et al. 
[14] 

40.0 450.0 
~ 650.0 

1.77 

Park et al. 
[15] 

40.0 100.0 
~ 300.0 

6.0 

Cho et al. 
[16] 

40.0 100.0 
~ 300.0 

8.8 

Min et al. 
[17] 

45.0 
~ 54.0 

379.0 
~ 758.0 

4.3 
/5.5 

Huang et al 
[18] 

40.0 200.0 
~ 400.0 

4.18 

Ebisu et al. 
[10] 

50.0 150.0 
~ 300.0 

6.4 

Byun et al. 
[19] 

45.0 
~ 55.0 

346.0 
~ 758.0 

4.32 

Kim et al. 
[20] 

45.0 100.0 
~ 400.0 

5.0 

Kim et al. 
[21] 

45.0 186.9 
~ 374.8 

8.7 

Condensation 
(Vertical tube) 

Yang et al. 
[22] 

40.0 
~ 48.0 

80.0 
~ 350.0 

8.32 

Boiling 
(Multiport 

minichannel) 

Kaew-On et 
al. [23] 

10.0 
~ 30.0 

200.0 
~ 400.0 

3.48 

 

Figure 1 Nodalization of horizontal tube test section 

 

 
Figure 2 Nodalization of vertical tube test section 

 

 

Figure 3 Nodalization of multiport minichannel test section 

 
Figure 4 and 5 show the heat transfer coefficients calculated 

from the MARS code compare to the heat transfer coefficient 

measured in the horizontal flow boiling and condensation heat 

transfer experiments, respectively. In the case of horizontal flow 

boiling, the MARS code tends to overpredict the heat transfer 

coefficients. Also, for some data, the heat transfer coefficients in 

the high-quality condition (more than 0.9) were underestimated 

to a great extent because the MARS code determined as a film 

boiling region. For the horizontal flow condensation, the MARS 

code tends to underpredict the heat transfer coefficients in the 

relatively lower mass flow flux condition (less than 200 kg/m2 ∙
s).  
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Figure 6 shows a comparison between the measured and 

predicted value of the condensation heat transfer coefficients in 

the vertical tube. The MARS code overpredicted the 

condensation heat transfer coefficient in the vertical tube as the 

inlet mass flux condition becomes larger. Figure 7 shows a 

comparison between the measured and predicted value of the 

boiling heat transfer coefficients in the multiport minichannel. 

As seen, most of predicted heat transfer coefficients were 

underpredicted. Also, several data were underpredicted under the 

high-quality condition because the MARS code determined as 

the film boiling region. 

Although most of the thermal-hydraulic correlations in the 

MARS code were tested and verified for water, results showed 

reasonable prediction performance for the heat transfer of R-

410A. 
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Figure 4 Comparison of the measured and predicted  

heat transfer coefficient: horizontal flow boiling 
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Figure 5 Comparison of the measured and predicted  

heat transfer coefficient: horizontal flow condensation 
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Figure 6 Comparison of the measured and predicted  

heat transfer coefficient: vertical flow condensation 
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Figure 7 Comparison of the measured and predicted  

heat transfer coefficient: horizontal flow boiling  

in the multiport minichannel 

 

TRANSIENT SIMULATION OF MULTI-SYSTEM AIR 
CONDITIONER EXPERIMENT 

To evaluate the refrigeration cycle analysis capability of the 

modified MARS code, we performed a simulation of a multi-

system air conditioner experiment of PNU [5]. Kim et al. [5] 

measured the operating characteristics of a multi-system air 

conditioner under various operating conditions, and it has the 

advantage of considering not only normal operation but also 

transient operation characteristics after the on/off period. 

Before the simulation, we implemented the compressor 

model [3] into the MARS code. A compressor model needs an 

accurate performance map of the pressure ratio and efficiency to 

consider the operating characteristics. So, based on the 
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experimental data of PNU [5], the performance map was created 

as a function of the compressor frequency and the mass flow rate. 

Then, it was implemented into the MARS code. 

 Figure 8 shows a schematic of the air conditioner which is 

used in the experiment and the location of the measurement 

sensor. The specifications of the test facility are summarized in 

Table 2, and the measurement locations and measured values are 

summarized in Table 3. 

Figure 9 represents a nodalization of the multi-system air 

conditioner. As shown in Figure 9 (a), the multi-system air 

conditioner consists of an accumulator, scroll inverter 

compressor, check valve, expansion valve, outdoor unit (ODU), 

and indoor unit (IDU). ODU and IDU are modeled as a pipe as 

shown in Figure 9 (b), the number of paths was implemented by 

considering the hydraulic diameter. Also, the heat transfer area 

and fin efficiency of each heat exchanger were implemented by 

considering the fouling factor (𝐹𝑜).  

The fouling factor of the MARS code acts as a multiplication 

factor of the heat transfer coefficient, but it can be used as a 

multiplication factor of the heat transfer area as shown in 

Equation (1). 

oQ F hA T=        (1) 

Because the ODU and IDU are the crossflow heat exchanger, 

for realistic modeling, the external structure of the heat 

exchanger consists of 5 pipes in the vertical direction. The 

temperature of the air side of the ODU and IDU and the 

volumetric airflow of the fan were considered as boundary 

conditions. Also, the airside (room) of IDU was assumed to be 

insulated from the outside. The control logic of the expansion 

valve area was set in the same way as an actual multi-system air 

conditioner, which maintains a constant outlet superheating 

degree of IDU. 

Although the actual compressor controls the frequency 

through the logic set for the target pressure, the frequency was 

set as a boundary condition in this study. Also, to consider the 

operating characteristics of the air conditioner, on/off period was 

implemented by modeling a trip valve at the entrance of the IDU. 

 

 

 

Figure 8 Schematic of the multi-system air-conditioner 

 

 

 
Table 2 Specifications of the air-conditioner 

 Outdoor unit Indoor unit 

1~10 

Indoor unit 

11~12 

Rated 

capacity 

(kW) 

 

81.2 

 

6.0 

 

10.0 

Type Roof Ceiling mount cassette 

Refrigerant R-410A 

Compressor Inverter scroll 
 

Table 3 Measurement value and location 

Temper-

ature 

Pressure Frequency Pulse Air flow 

Indoor 

unit 

in/out 

 

Compr-

essor 

outlet 

 

 

 

 

Compr-

essor 

 

 

 

 

Valve 

 

 

Fan 

Outdoor 

unit 

in/out 

Room  

Accu-

mulator 

inlet 

 

 

Indoor 

unit 

Air 

Compr-

essor 

outlet 

 

 
(a) the multi-system air-conditioner 

 

 
(b) the ODU/IDU heat exchanger 

Figure 9 Nodalization of the multi-system air-conditioner 

 

Figure 10 and 11 represent the high/low pressure and mass 

flow rate of the multi-system air conditioner, respectively. Since 

the compressor frequency was entered as a boundary condition, 

calculation results well followed the tendency of pressure 

behavior in the experiment. The calculated pressure behavior of 

the compressor off period tended to decrease faster than the 

experiment because the control logic of reducing the pressure 
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difference through the expansion valve was not considered in 

this calculation. Also, the calculated mass flow rate followed the 

trend of the experiment well under normal operation, but 

immediately after the compressor is turned on, the MARS tended 

to overestimate the mass flow compared to the experiment. 

 Figure 12 and 13 represent compressor power and COP, 

respectively. The MARS code underpredicted the compressor 

power during the entire calculation. This is because the 

efficiency calculated from the compressor performance map of 

the MARS code is higher than the actual compressor efficiency. 

As the compressor power is underpredicted, the MARS code 

overestimates the COP overall, as shown in Figure 13.  

Therefore, for the more realistic analysis, it is necessary to 

implement the correct compressor performance map and the 

control logics of the compressor frequency and expansion valve 

area. Also, it is needed to implement the heat transfer coefficient 

model of the airside that can consider the complex shape of the 

heat exchanger and the thermal-hydraulic correlation of the 

refrigerant. 
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Figure 10 Comparison of the measured and calculated 

high/low pressure 
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Figure 11 Comparison of the measured and calculated  

mass flow rate 
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Figure 12 Comparison of the measured and calculated 

compressor power 
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Figure 13 Comparison of the measured and calculated COP 

 

CONCLUSION  
In this study, the modified MARS code was evaluated for 

application to refrigeration cycle analysis. First, the boiling heat 

transfer and condensation heat transfer experiments of R-410A 

were analyzed. The MARS code showed reasonable prediction 

performance for the heat transfer of R-410A. Then, a multi-

system air conditioner experiment was preliminarily calculated 

to determine the applicability for the refrigeration cycle. The 

results well followed the overall behavior of pressure, mass flow 

rate, compressor power, and COP. Therefore, the modified 

MARS code can be applied to the refrigeration cycle analysis. It 

can be also used to determine the optimal operating condition of 

the multi-system air conditioner. 

Future improvements were identified and derived from the 

results. For the more accurate calculation, it is needed to 

implement the improved heat transfer model of R-410A and heat 

exchanger considering fin. 
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ABSTRACT 
In the search for the optimization of heat transfer systems, 

nanofluids have revealed as very attractive choices due to their 
increasingly potential applications in thermal energy areas. 
Nanofluids are defined as colloidal suspensions of 
nanomaterials (particle diameter less than 100 nm) into 
conventional heat transfer fluids. These fluids have gained a lot 
of attention due to their improved thermophysical properties in 
comparison with their base fluids.  

Despite a high degree of versatility and enhanced thermal 
properties, their industrial application is still a challenge due to 
low stability and high viscosity issues attributed to them. 
Viscosity is directly related with pumping power required by 
the system and hence, with operational costs, while the stability 
is an issue due to the high propensity of nanoparticles to 
agglomerate and sediment. Nanofluids applications are only 
advantageous if long-term stability is achieved. 

In the current study, stable nanofluids were prepared by the 
two-step method using ultrasonication for a satisfactory 
dispersion of nanoparticles into distilled water. The effects of 
different types and concentrations of nanoparticles were 
evaluated on viscosity and density of nanofluids, measured at 
the temperature of 25 ºC. The following nanoparticles were 
used: SiO2 nanoparticles (average particle size between 10-20 
nm), ZnO nanoparticles (average particle size of 20 nm) and 
Al2O3 nanoparticles (average particle size of 40-50 nm), in 
concentrations ranging from 0.005 vol.% to 0.1 vol.%.  

Among all the nanofluids used in this work, only the 
viscosity of alumina presented a relevant increase compared 
with the base fluid, and the higher the nanoparticle 
concentration the higher the viscosity up to the particle volume 
concentration of 0.05 vol.%. Regarding the other nanofluids, 
the concentrations investigated seem to have a negligible 
impact on viscosity. All nanofluids presented Newtonian 
behavior. Density measured was slightly higher for alumina 
nanofluids and increased slightly with the nanoparticle volume 
concentration. Nanofluids containing ZnO and SiO2 showed 
very similar values and no dependence with nanoparticles 
concentration in the range evaluated.  

INTRODUCTION 
The increasing industrial and technological development 

has been limited by the overheating of the ever-small devices 
and systems. To overcome this issue, more efficient cooling 

systems are essential and the search for new alternatives have 
become a priority. In terms of heat transfer, two main 
approaches are used to increase the cooling performance, 
namely increasing heat transfer area, which is not desirable in 
the design of the compact devices and systems, or improving 
efficiency of the heat transfer fluid [1]. In this sense, nanofluids 
appear as promising alternatives, since they are reported to 
have enhanced thermophysical properties and better 
performance than conventional heat transfer fluids.  

This new class of fluids was first introduced by Choi et al. 
[2] at Argonne Laboratory in 1995, and can be defined as
dispersions of nanoparticles into conventional heat transfer
fluids, such as water, ethylene glycol, engine oil, etc. In the
past, micro and milli sized particles have already been used for
this purpose, however, because of their larger size these fluids
had poor stability resulting in sedimentation of the particles
causing clogging of pumps and corrosion of equipment [3].
Stable nanofluids can have higher thermal conductivity without
these mentioned issues. Their better thermophysical properties
are attributed to the much higher thermal conductivity of the
nanoparticles in comparison with the base fluids they are in.
However, despite these attractive characteristics, the addition of
nanoparticles usually leads to increasing viscosity, which
means higher pumping power required by the system to
circulate the fluid and maintain the cooling performance [3]. In
addition, pressure drop, mixing energy and convective heat
transfer are dependent on viscosity [4].

Viscosity of nanofluids can vary largely with the increment 
on nanoparticles concentration and base fluid type. For 
instance, Tseng and Lin found out an increase in viscosity of 
100 % compared with water with adding 5 vol.% of TiO2 and 
1200 % with the nanoparticle concentration of 12 vol.% [5]. In 
another study, viscosity of Al2O3 water-based nanofluids 
enhanced approximately 17 % by rising the volume 
concentration from 0.1 to 0.5 vol.% [6]. Murshed et al. [7] 
reported that viscosity of TiO2 and Al2O3 water-based 
nanofluids increased respectively about 49 % and 75 % by 
increasing nanoparticles concentration from 1 to 5 vol.%. The 
addition of 0.055 vol.% of MWCNT into water increased 
viscosity in 15 % while with the concentration of 0.11 vol.% of 
MWCNT the viscosity of the nanofluid was 80 % higher than 
water [8]. 

Also very important is the study of the rheology of the 
nanofluids. In many cases the rheological behaviour of the fluid 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 177 of 1061



    

changes when nanoparticles are dispersed and their 
concentration, size and type are changed. When it happens, 
viscosity is then called apparent viscosity because it is 
dependent on the shear rate applied as well as nanoparticle 
factors (such as concentration, size and type) and temperature 
[9]. When the nanofluids are non-Newtonian, shear thinning or 
pseudoplastic is the most common behaviour, in which 
viscosity decreases by the increasing in shear stress [9]. 

Numbers of studies have been reported in measuring 
viscosity of nanofluids [e.g., 3,4,7,10], but the experimental 
conditions are not always very clear and the results reported by 
the authors may diverge largely. Density is another property of 
nanofluids that is many times neglected but that plays an 
important role in heat transfer processes, since it directly 
influences Nusselt number, friction factor, and Reynolds 
number. Therefore, a reliable density measurement is crucial 
for the nanofluids application in thermal systems. In this work, 
the effect of nanoparticle concentration (0.005-0.1 vol.%) on 
viscosity and density was investigated in nanofluids containing 
SiO2, ZnO, and Al2O3 nanoparticles. Rheological behaviour of 
different nanofluids was evaluated and the experimental data 
were compared with predicted values using classical models of 
viscosity.  

MATERIALS AND METHODS 
Nanoparticles used in this work are the following: SiO2 (10-

20 nm) and ZnO (20 nm) supplied by Iolitec (Germany) and 
Al2O3 (40-50 nm) purchased from Alfa Aesar (UK). Nanofluids 
were prepared by the two-step method, by weighing the 
corresponding masses of nanoparticles for concentrations of 
0.005, 0.01, 0.02, 0.05 and 0.1 vol.% in 50 mL of distilled 
water. Then the nanofluids were ultrasonicated for 30 minutes 
in two cycles of 15 minutes to avoid overheating using an 
ultrasonic homogenizer (Hielscher UP200Ht, with a titanium 
Ø7mm sonotrode S26d7). The pH of all the samples was 
measured using a pH meter (Hanna) and was found to be 
between 6 and 7.  

Viscosity was measured using Brookfield Ametek DVNext 
Rheometer with a cone and plate configuration under controlled 
temperature using a Circulation Water Bath (Witeg WCB, 
Germany). The accuracy of the viscosity measurements was 1.0 
%, and accuracy of the temperature measurements was 0.1 ºC. 
A volume of 0.5 cm3 of sample was inserted in the equipment 
and the measurements were performed in triplicate at 
temperature of 25 ºC. The variation between readings was 
smaller than 5 %. The viscosity of distilled water at the same 
temperature was also determined for comparison with the 
nanofluids. 

Density was measured at room temperature (about 20 ºC) in 
triplicate, using a Density meter (from Kyoto Electronics).  

THEORETICAL STUDY 
The first viscosity model for nanofluids was developed by 

Einstein in 1906 [11], and considered a dispersion with  
particles in spherical shape at very low volume fractions, 
usually below 0.02 (dilute). This popular model is 
mathematically expressed by: 

 

                                                                 (1) 

where  is the viscosity of the nanofluid,  is the viscosity 

of the base fluid and  is the volume fraction of nanoparticles 
dispersed. In the model of Einstein, the viscosity presents a 
linear relation with the particle volume fraction, and it has the 
limitation that it does not consider the particles structure, size 
and their interactions between themselves, in addition to being 
applicable only for very low concentrations. 
In 1959, a semi-empirical model that covers the full range of 
particle concentrations, designed for hard sphere dispersions, 
was proposed by Krieger and Dougherty (K–D) [12], and it is 
represented as: 

                                               (2) 
where  is the maximum particle packing fraction, which is 
between 0.495 and 0.540, but for high shear rates it is 
approximately 0.605, and  is the intrinsic viscosity which is 
assumed to be 2.5 for monodispersed suspensions of hard 
spheres [4]. 
In 1977, Batchelor [13] introduced the Brownian effect to the 
Einstein’s equation, and considering an isotropic system with 
spherical hard particles, he obtained the following expression: 
 

                                              (3) 
 
The above-mentioned models are the classical models for 
viscosity of dispersions containing low volume fractions of 
nanoparticles and are the ones considered in this work, since 
the nanoparticles volume concentrations are in the range of 
0.005-0.01 vol.% and no widely accepted models developed or 
available for the prediction of viscosity of nanofluids. 
Nonetheless, these models yield very similar predictions of 
viscosity. 

RESULTS AND DISCUSSION 
Stability of the nanofluids prepared was visually inspected, 

having the nanofluids remained stable after 1 hour and no 
significant precipitation was verified at the end of 24 h. 

Viscosity of all the nanofluids was measured under 
controlled temperature at 25 ºC, right after they were 
ultrasonicated. Figures 1,2 and 3 show the experimental results, 
together with the adjustment of the models of Einstein, Krieger 
and Dougherty (K–D), and Batchelor to the nanofluids 
containing SiO2, ZnO, and Al2O3, respectively. Viscosity of 
distilled water was first measured, and the value obtained was 
0.926 cP, which agrees with literature value of 0.910 cP within 
1.7 % accuracy.  

It is interesting that the effect of nanoparticle concentration 
had a negligible impact on viscosity of nanofluids with SiO2 
and ZnO (Figures 1 and 2) for the range of concentrations 
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considered in this work. However, in the case of Al2O3 
nanofluids, the rise in nanoparticles concentration led to an 
increase in viscosity until the volume concentration of 0.05 
vol.%, of about 7.5 %, and then the viscosity remained the 
same. This fact might be related to a lower stability (not 
visually detected) of Al2O3 nanofluids at higher nanoparticles 
concentrations, since the nanofluids were prepared without any 
surfactant addition. This result was confirmed by replicating the 
preparation of the nanofluid and measurements (in triplicate). 
Moreover, it is possible to observe that for low concentration, 
the nanofluids prepared with ZnO and Al2O3 presented lower 
viscosity than the base fluid, which can be explained by the 
lubricating effect promoted by the nanoparticles at very low 
concentrations [14].  

Similar low volume concentrations were investigated by 
Lee et al. [15] in water-based nanofluids with SiC 
nanoparticles. The authors observed an increase in viscosity of 
the base fluid of about 20 and 30 % for volume concentrations 
of 0.001 and 0.01 vol.%, at 30 ºC. In the work of He et al. [16], 
viscosity of TiO2-distilled water nanofluids (concentration of 
0.24 vol.%) was approximately 4 % higher than the base fluid. 

 

 
Figure 1 Viscosity versus nanoparticle concentration for 

SiO2 nanofluids. 

 
Figure 2 Viscosity versus nanoparticle concentration for 

ZnO nanofluids. 

 
Figure 3 Viscosity versus nanoparticle concentration for 

Al2O3 nanofluids. 

It can be seen in Figures 1,2 and 3 by the overlapping lines, 
that the models are very similar to Einstein’s model due to the 
very small nanoparticles concentration considered in the work. 
For the nanofluids containing SiO2 and ZnO there is a good fit 
with the models and the experimental data. In Al2O3 nanofluids, 
as concentration increases the models underpredict the 
viscosity. This is because these models only consider the 
nanoparticles volume fraction whereas there is a strong 
interaction between nanoparticles that can lead to the formation 
of clusters. Many other authors have reported similar 
underprediction of these classical models for nanofluids 
viscosities [3,7,17]. 

Figure 4 shows the shear stress as a function of shear rate 
for different volume concentrations of SiO2 (Figure 4.(a)), ZnO 
(Figure 4.(b)), and Al2O3 (Figure 4.(c)). It is possible to observe 
that there is a linear relation between shear stress and shear rate 
for all nanoparticles and volume concentrations, indicating 
the Newtonian behaviour of those nanofluids. These results 
agree with other works in literature [3,7,10]. 

It is important to mention that the preparation method of the 
nanofluid (addition of surfactants, sonication process and time, 
size of nanoparticles, etc) and the measurement conditions 
(such as temperature) have an important effect on the 
experimental viscosity values, and that is the reason data in 
literature can diverge largely. For instance, in water-based 
nanofluids with 2 vol.% of TiO2, Masuda et al. [18] found out a 
viscosity increment of about 24 %, while Murshed et al. [7] 
observed an enhancement of about 59 %. The differences 
obtained may be due to the different sizes of nanoparticle 
which was 27 nm in the former work and 15 nm in the last. 
Therefore, it is of great importance to study and report the 
evaluation of viscosity under many different conditions, in 
order to enrich the literature available in this subject. Despite 
the low focus received, the determination of nanofluids 
viscosity is as crucial as thermal conductivity to ensure their 
successful application in thermal systems, since there is a 
critical viscosity above which the use of nanofluids is no longer 
an advantage.  

Density values of the three types of nanofluids at different 
volume concentrations are displayed in Figure 5. The 
measurements were carried out at a temperature of 20 ºC. It is 
possible to notice that the concentration of nanoparticles had no 
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relevant impact on density of the nanofluids with SiO2 and 
ZnO, but there is a slight increase in the density of alumina 
nanofluids. Besides that, considering the nanoparticles type, it 
is not possible to differentiate SiO2 and ZnO nanofluids by 
density experimental data, although Al2O3 nanofluids showed 
higher density values. This is mainly due to such low (almost 
dilute) concentrations of these nanoparticles and the small 
enhancements fall within the measurement uncertinities. 

 

 
Figure 4 Shear stress versus shear rate of different nanofluids: 

(a) ZnO, (b) SiO2, and (c) Al2O3. 

 
Figure 5 Density along nanoparticle volume concentration of 

different nanofluids. 

CONCLUSIONS 
Three different types of nanofluids were prepared by dispersing 
very low concentrations (0.005-0.1 vol.%) of SiO2, ZnO and 
Al2O3 in distilled water. Without adding any surfactant, the 
prepared nanofluids were found to be stable and their viscosity 
and density were measured as a function of concentration of 
nanoparticle. 
Viscosity is an important property that describes the resistance 
of a fluid to flow and therefore, its study is essential in any 
thermal application that involves fluid motion. In this work the 
effect of nanoparticles concentration in the range of 0.005-0.1 
vol.% was not significant for nanofluids with SiO2 and ZnO. 
This can be ascribed to the very low concentration considered. 
However, for Al2O3 nanofluids, viscosity was considerably 
increased with the volume concentration up to 0.5 vol.%. It 
shows that even considering very low concentrations, the 
impact on viscosity should be carefully evaluated and 
considered as nanoparticle type and size play important role in 
rheology of nanofluids. 
The effect on density was less relevant, but for Al2O3 
nanofluids it slightly enhanced with nanoparticle volume 
concentration.  
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ABSTRACT
The treatment for elimination brine, from the inverse osmosis

desalination requires large space and high cost. This elimina-
tion process through natural evaporation is not practical neither
technically feasible. In addition, most of international policies
and initiatives provide a sustainable economy and energy frame-
work, promoting solutions based on minimal (or zero) liquid dis-
charge specially for environmental protected areas. This paper
describes the TRNSYS©modeling and experimental results of a
evaporation process of brine by means of a cooling tower solu-
tion. This system is part of a renewable prototype system under
the framework of the Life European Project Desirows. A cool-
ing tower and a biomass boiler performance are modeled as well,
arranged to provide thermal energy to the brine and evaporation
capacity. In order to estimate the cooling tower performance, a
theoretical model is proposed and subsequently validated using
the TRNSYS©software. The system is modeled under different
operating point conditions to determine the energy consumption
efficiency derived from the brine evaporation. The simulation
is carried out for a year, and the operation of the installation is
analysed in terms of critical parameters. Limitations are studied
and the energy cost derived from its operation is calculated. On
other hand, experimental results show the relevance and influ-
ence of environmental variables, the brine evaporation increases
with low temperatures and low relative humidity. The inlet tem-
perature of brine to the system is the most critical variable, deter-
mined as reduction of energy cost per evaporation brine volume
(kWh/m3) of 100 kW/m3 with an increment of 10oC of inlet tem-
perature of brine in the range of 20–30oC.

INTRODUCTION
Agriculture is the largest consumer of fresh water with 70%.

Since the early 20th century, the area of cultivated land in gen-
eral, and that of irrigated land in particular, has increased signif-
icantly to cope with increasing population and food needs [1].
In arid and semi-arid areas, the uncontrolled use of water for
irrigation can trigger the following problems: (i) Depletion of

aquifers by evaporation and environmental degradation by de-
salinization; (ii) Intensive cultivation practices exert a great influ-
ence on groundwater recharge and quality; and (iii) The develop-
ment of new technologies for extracting water from the subsoil
allows extracting more water than is regenerated naturally (rain-
fall) [2; 3]. The scarcity of fresh water supplies represents an
important limitation for the development and viability of popu-
lations, especially those located in arid and semi-arid regions,
such as the southeastern regions of the Iberian Peninsula [4].
The Mar Menor is located in the region of Murcia, one of the
largest coastal lagoons in the Mediterranean and occupies around
13,500 hectares of the coast [5]. It is included in the wetlands
Ramsar Convention, Area of Special Importance for the Mediter-
ranean (ZEPIM), Site of Community Importance (LIC) and Spe-
cial Protection Area (ZEPA) [6].In order to cover the water de-
mand from agriculture in the region of Murcia, groundwater ex-
traction/pumping through wells was used. The over-exploitation
of these resources addressed a relevant decrease in piezometric
levels and the consequent processes of marine intrusion, espe-
cially in the Quaternary Aquifer due to its hydraulic connection
with the sea [7]. Aiming to take advantage of this water resource
with high saline content, desalination plants have been widely in-
stalled and promoted along the last years. However, there are se-
rious drawbacks such as the treatment of the brine resulting from
desalination processes and the high cost of the treatment pro-
cess. The reject brine accounts for over 55% of the treated water.
It has twice the salinity of typical seawater salts concentration.
In addition, it contains other concentrated contaminants, such as
nitrates and pathogens [5] Since 2015, the coastal lagoon has
been on the brink of ecological collapse, as a direct consequence
of years of brine discharges and agricultural drainage, loaded
with nitrates and pathogens that synergize the eutrophication of
the waters, causing the death of most of both plant and animal
species. Among these solutions, it is worth highlighting the treat-
ment of the reject brine produced in desalination processes, such
as reverse osmosis [8]. The current approach to brine treatment
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is zero liquid discharge (ZLD). Under the ZLD scenario, almost
100% of the fresh water is recovered and a solid salt is produced
that can be disposed in a more environmentally friendly way or,
if of sufficient quality, used as a value–added product [9]. ZLD
systems include different membrane-based or thermal-based pro-
cesses in order to concentrate the brine as much as possible and,
through evaporation-precipitation processes, separate the liquid
fraction from the solid [10] In the present study, the problem of
treating the reject brine from the reverse osmosis process is ad-
dressed through the ZLD approach by using thermal-based tech-
nologies such as the Cooling Tower (CT) system. Brine treat-
ment by CT system is a relatively new method and it is currently
a topic of research interest [11]. The method is based on hu-
midification/dehumidification processes. Its performance is lim-
ited, however, its low operating cost shows this technology as
a promising solution to achieve ZLD. The main novelties intro-
duced by this work are: (i) to validate a pilot CT system for the
treatment of reject brine from reverse osmosis desalination and,
(ii) to obtain theoretical operating points capable of predicting
the performance of the CT system and validate it using TRN-
SYS©software; and (iii) to assess the experimental validation of
the developed models.

COOLING TOWER SYSTEM DESCRIPTION
The system for the treatment of rejecting brine is shown in

Figure 1. The equipment consists of a brine feed tank, a boiler,
a heat exchanger tank and a cooling tower (CT). The brine is
heated in the heat exchanger tank. The thermal energy required
to heat the brine is provided by the hot water from the closed
system of the boiler. This water circulates through the heat ex-
changer tank. Inside this tank, there is a coil through which the
brine flows. At the outlet of the coil, the brine is heated flowing
to the top of the CT. The CT inlet is on the top to guarantee the
highest contact between brine and air. The air stream is induced
from the bottom of the CT to the top by means of an axial fan
installed in the upper area of the tower. The liquid fraction of
the brine is partially evaporated and the rest of the brine is pre-
cipitated accordingly. In this way, the brine is then recirculated
and concentrated, reducing the rejected volume. Figure 1 shows
the enumerated elements of the installation: Air supply, air in-
put, Pump to supply heat energy to the system, special cooling
tower for brine, boiler, heat exchanger, humid air outlet, brine
circulator pump, brine tank and butane tank. The system can be
schematized according to Figure 2.

Four different campaigns were carried out to evaluate the ef-
ficiency of the system to evaporate the liquid fraction of the re-
jected brine. During each campaign, data were collected for 7
days. The analyzed variables were: (i) Heat input to the evapo-
ration system (boiler on or off); (ii) percentage of fan operation
(50% and 100%); and (iii) inlet air (relative humidity and tem-
perature). With the results of these campaigns, energy efficiency
studies of the CT system were carried out. The energy efficiency
of the system was determined based on the inlet brine tempera-
ture. The influence of weather conditions and the air flow used
for brine evaporation was evaluated as well. Finally, an energy

Figure 1. Cooling tower system

Figure 2. Cooling tower system flowchart

cost estimation was determined for a system with similar char-
acteristics, but with an installation to measure according to the
evaporation needs. This estimation was determined from the re-
sults of the tests carried out and assuming higher efficiency in
the conduction and compression of the air at the inlet, and an
optimization in the process of heating the incoming brine.

Physical, chemical and statistical analysis
Evaporated volume. To calculate this parameter, four differ-

ent methods have been followed: (i) Determining volume differ-
ence in the inlet tank, including some escapes and leaks (4-8%
of average evaporated flow); (ii) measurements by difference in
circulating flows; (iii) measurements by saturated air conditions
between the inlet and outlet of the CT system; and (iv) measure-
ment of the differences in saline saturation between the inlet and
the outlet.

Temperature. Both influent and effluent brine temperatures
are measured by means of temperature probes through the recir-
culation circuit inside the CT system.

Circulating flow in CT system. Measured with the help of
two rotameters, placed at the entrance and exit of the CT with
3-minutes sample time.

Salinity, measured through the conductivity of the brine at the
inlet and outlet of the CT system.

Air circulating conditions, in terms of temperature and relative
humidity, measured at the entrance and exit of the CT by means
of a hygrometer (DEM500 Velleman©).

Air speed, by using two anemometers placed near the entrance
and at the exit of the CT correspondingly.
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Table 1. Parameters for Type 51
Number Parameter Unit value Description

1 Design Atmospheric Pressure [atm] 1.01 The pressure of the atmosphere for the CT air at design conditions.

2 Design Inlet Fluid Temperature [ºC] 35 The temperature of the fluid entering the CT at design conditions.

3 Design Outlet Fluid Temperature [ºC] 25 The temperature of the fluid temperature exiting the CT at design conditions.

4 Design Fluid Flow Rate [m3/s] 10.66 The flow rate of the fluid through the tower at design conditions.

5 Design Entering Air Wet Bulb Temperature [ºC] 28 The wet bulb temperature of the air entering the CT at design conditions.

6 Design Air Flow Rate [m3/s] 9.7 The flow rate of the air through the CT at design conditions.

7 Design Fan Power [kW] 5.5 The power consumed by the fan at design conditions.

Table 2. Inputs for Type 51
Number Parameter Unit Description

1 Entering Fluid Temperature [ºC] The temperature of the fluid entering the CT.

2 Entering Fluid Flow Rate [kg/h] The flow rate of fluid entering the CT.

3 Entering Air Wet Blub Temperature [ºC] The wet bulb temperature of the air entering the CT.

4 Atmospheric Pressure [atm] The atmospheric pressure of the air in the CT.

5 Fan Control Signal [-] The control signal for the fan in the CT.

Electrical power demanded by the installation. The industrial
solution ’Fluke 435 Series II Basic Power Quality and Energy
Analyzer’ was used. All the power demand requirements were
measured and collected by the same multiple socket by means of
current and voltage variables of each single-phase. This equip-
ment is able to save the power demand data during the entire test
period: active power, reactive power and power factor.

The total energy cost (kWh/m3) brine evaporated and/or elim-
inated is determined by adding the energy efficient cost and the
thermal energy cost.

Mathematical modeling of cooling tower
The mathematical model used to predict the behavior of the

CT system was proposed by Whiller in 1997 [12]. This mathe-
matical model was validated by comparing the results obtained
after the corresponding analysis to the results obtained by using
TRNSYS. TRNSYS is a simulation software package capable of
determining the behavior of dynamic systems including different
components. Further information of the mathematical model of
TRNSYS can be found in [13].

In detail, the component model (Type) used in TRNSYS17
was Type 51: Cooling Tower. The mathematical basis of the
model is detailed below, as well as other elements that the user
should take into consideration when using the model, summa-
rized in Table 1, 2 and 3. Type 51 estimates the performance of
CT with the user enters overall performance data for the CT and
the model determines the parameters c and n that provide a best
fit to the data in a least-squares sense. Instead, it uses the design
inlet and outlet conditions to calculate an overall heat transfer
coefficient (UA) for the tower and then uses that UA value to es-
timate performance at other inlet conditions with a data file and
the number of data points to be supplied. Each line of Input in
the data file has the six items summarized in Table 4.12 differ-
ent values have been used from the manufacture performance’s
curves of CT. The data must contain at least two different flow
rate ratios in order for the program to correlate the data. For best
results, the performance data should cover a range of conditions
typical of the expected operation of the tower. This model calcu-
lates the performance of a single-speed CT, only one speed chart
have been used from manufacture catalogue database, therefore
only one ”Air volumetric flow rate” is used in Table4.

Table 3. Outputs for Type 51
Number Parameter Unit Description

1 Leaving Fluid Temperature [ºC] The temperature of the fluid leaving the CT.

2 Leaving Fluid Flow Rate [kg/h] The flow rate of water exiting the tower sump.

3 Leaving Air Wet Bulb Temperature [ºC] The wet bulb temperature of the air leaving the CT.

4 Leaving Air Flow Rate [kg/h] The flow rate of the air leaving the CT.

5 Fan Power Consumption [kJ/h] The power consumed by the fan.

6 Heat Rejection [kJ/h] The total heat rejected to the CT.

Table 4. Performance of CT in design condition for single fan
speed

Number Parameter Unit Values range

1 Air volumetric flow rate [m3/h] 34873.04

2 Air dry bulb temperature [ºC] 28.00

3 Air wet bulb temperature [ºC] 21.00

4 Water mass flow rate [kg/h] 40,000.00 - 220,600.00

5 Water inlet temperature [ºC] 33.00

6 Water outlet temperature [ºC] 27.00 - 32.00

For the simulation in TRNSYS, each component of the CT
system were defined by following the software library. The com-
ponents are summarized in Figure 3: cross-flow CT, biomass
boiler, buffer tank, pump, recirculation pump, heat exchanger
and brine feed tank. The cross–flow CT performance (ηa) is cal-
culated by using:

ηa =
1
m
·
(

1− em∗·(1−e−NTU )
)
, (1)

where m is the flow rate (m3/s) and NTU is the number of trans-
fer units. In addition, with the values of flow rate (m) and inlet
and outlet temperature of the brine (Tw), the heat exchange be-
tween the air current and the brine was determined from:

m∗ =
ma ·Cs

mwi ·Cpw
,

Cs =
hs,wi −hs,w0

Tw,i −T w,0
,

Q = ηa ·ma · (ha,w,i −ha,i) ,

where h is the enthalpy of wet air (kJ/kg), ηa the CT perfor-
mance, Cpw the specific heat of the water and Tw the temperature
of the water flow (oC).

RESULTS AND DISCUSSION
Cooling tower system treatment efficiency

In order to evaluate the perform of the CT system, the evap-
orated flow was calculated in different ways. With this aim,
the ambient air variables (temperature and humidity) are needed.
In addition, the electrical and thermal power requirements were
evaluated as well to determine the operation energy costs based
on the evaporated flow rate and the thermal working conditions.
Figure 4 shows the inlet and outlet brine flows to the CT sys-
tem (left axis) and the relationship with the air flow (in m3/s).
Note that such tests with 50% regulation (first period) have a
lower air–flow. Regarding the flow of evaporated brine, when
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Figure 3. CT TRNSYS model.

Figure 4. Evaporated brine flow vs. air flow

the boiler is turned on (thermal input) evaporation increases, be-
ing maximum when the system works with the maximum air and
the highest possible heating. With help of the psychometric di-
agram can be estimated based on the temperature of the dry air
(Tda) and the relative humidity (φ), determining the rest of char-
acteristic parameters of the psychrometric diagram according to
the following correlations:

Pvs = 10(7.5·Tbs)/(Tas+237.3)+2.7858,

w = 0.622 ·
(

(φ ·Pvs)/100
101325− (φ ·Pvs)/100

)
,

Tr =

(
φ

100

)1/8

· (112+0.9Tbs)+(0.1 ·Tbs)−112,

Tbh = 0.2831
(

φ

100

)0.2735

·Tbs +0.0003018
(

φ

100

)2

+0.01289
(

φ

100

)
−4.0962,

ρ = 1.292 · 273.15
Tbs +273.15

,

h =Cp ·T,

being W the absolute humidity, Pvs the saturation vapor pressure,
T the temperature, ρ the density, h the enthalpy, and Cp the heat
capacity at constant pressure.

Regarding the psychrometric diagram, Figure 5 summarizes
the determined points according to the previous correlations. In
this diagram, the properties of the inlet air are represented in cir-
cles, and the properties of the outlet air are shown in crosses.
Note that the air leaves with a higher absolute humidity than the
incoming one in all cases. This is also related to the fact that the

Figure 5. CT air inlet and outlet conditions. Experimental
measures in Psychometric diagram

Figure 6. Energy cost (kWh/m3 evaporated brine) vs inlet tem-
perature (oC).

CT system is efficient for the elimination of the liquid fraction
of the brine but that it depends on the energy consumption (in
m3). The energy cost evolution depends on the flow rate of brine
evaporated through a negative exponential function, see Figure
6. Under optimal working conditions (high heat input and dry
air input), the system energy cost is near 80 kWh per m3 of evap-
orated brine (kWh/m3). If this value is extrapolated to a greater
contribution of thermal energy, this cost would be even lower. If
a brine inlet temperature of 40oC is considered, it can be deduced
that the cost of evaporating this amount of brine accounts for be-
tween 50 and 60 kWh/m3. It is then concluded that the cost of
removing the brine can be lower if the working temperature was
higher depending on the air inlet conditions as well. Neverthe-
less, if the thermal cost of heating the system is free or comes
from an energy saving system, the CT system would increase its
efficiency considerably.

Validation of Numerical Models
From the components defined in Figure 3, the CT system was

modeled with the aim of predicting its behavior, as well as study-
ing possible variations in the selected components. Using this
scheme, several simulations were carried out to study the be-
havior of the CT system in response to the variation of certain
parameters. The system was modeled to accurately simulate the
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pilot–scale CT system behavior described in Section . By consid-
ering that the CT system was implemented on a pilot scale, the
modeled system has a brine tank, which receives the rejection
from desalination in the second osmosis —see Figure 3. This
brine is pumped to the CT, previously passing through a heat ex-
changer, with the aim of increasing the temperature of the incom-
ing brine and evaporating the maximum flow of brine possible.
This temperature increase occurs in the heat exchanger and the
heat energy comes from the water heated by the biomass boiler.
After the brine stream has been heated, it enters the top of the
CT. Part of the brine flow evaporates, being evacuated together
with the incoming air flow, through the upper part of the CT,
where the axial fan is located. The non-evaporated brine flow is
led to the brine tank, where it is mixed with a new brine flow.
The system simulations were carried out for a complete period
of one year, collecting data with one hour sample-time with a to-
tal of 8760 points. Environmental conditions are parameters that
influence the operation and efficiency of the CT system. There-
fore, meteorological conditions were included and simulated for
the geographical region where the CT system was installed: the
Region of Murcia, Southeast of the Iberian Peninsula.

According to the simulation, the ambient temperature is a pa-
rameter affecting the efficiency of the CT system, since the evap-
orated flow decreases proportionally to the decrease in tempera-
ture. However, the flow of influent brine does not have a high in-
fluence on the total evaporated brine, that is, on the efficiency of
the process. Figure 7 shows how the variation in the influent flow
temperature affects in the brine evaporated. The data obtained for
two operating flows are shown accordingly. The values of evap-
orated flow were selected where the temperature of the incom-
ing water flow was above 20oC, since from this temperature the
minimum efficiency is obtained. Figure 7 shows a positive trend
between evaporated flow rate and influent brine temperature. As
can be seen, the energy cost varies depending on the inlet brine
temperature. This fact addresses some operating cost variations
throughout the year; when the ambient temperature is lower, the
operating costs will be higher. Subsequently, the energy oper-
ation costs are reduced by half during the summer months, in
comparison to the corresponding winter months. On the other
hand, the energy cost obtained in the simulation is higher than
that obtained from the empirical measured data. Moreover, the
selected exchangers for the model do not have capacity enough
to raise the water temperature to an optimum value (above 30o).

Finally, the nominal conditions of the model were modified,
the variables that depend on the environment. The inputs that
were varied were the wet–bulb and dry–bulb temperatures of the
air entering the tower and the brine flow rate entering the tank to
replenish the evaporated water flow rate. The conditions imposed
in the simulation are the same as in the previous prediction. As
can be seen in Figure 9, in the months where the ambient temper-
ature is higher, the flow of evaporated water increases, decreasing
during the coldest months of the year, Figure 8. In addition, Fig-
ures 9 and 8 show the points where the maximum and minimum
evaporation values occur. The maximum evaporation registered,

Figure 7. Total evaporated brine vs. Inlet brine temperature

Figure 8. Total evaporated brine and wet/dry bulb tempera-
tures (120 hours, February).

during the month of July, matches with the highest brine inlet
temperature and the air temperature. In addition, in both Figures
9 and 8 day–night cycles are observed. It is related to the fluctu-
ation of ambient temperature. At night, the ambient temperature
decreases both in summer and winter. Therefore, the influent
brine temperature and the air decrease as well, addressing a CT
evaporative efficiency decreasing. The opposite way occurs dur-
ing the day, when the evaporated brine flow rate increases in a
similar manner that the ambient temperature increasing.

CONCLUSION
A TRNSYS©model of a CT system used for concentration

brine is described and evaluated in this paper. The proposed
model predicts the amount of brine evaporated as a function of
atmospheric conditions and thermal conditions of the CT influ-
ent brine. The system is modeled under different operating point
conditions to determine the energy consumption efficiency de-
rived from the brine evaporation. The simulation is carried out
for a completed year. The behaviour of the modeled system is
analysed to determine the most influential operation parameters.
As a case study, a scaled prototype system for brine evaporation
was tested in different atmospheric conditions, varying the inlet
air flow rate, the amount of recirculated flow rate and the thermal
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Figure 9. Total evaporated brine and wet/dry bulb tempera-
tures (120 hours, July).

conditions of the brine. Experimental measured results analyze
the suitability of the model’s predictions under different condi-
tions.

As a remarkable conclusion, it can be affirmed that the CT
system is effective for the elimination of brine from the rejection
of reverse osmosis. An energy cost of 80–90 kWh/m3 of brine
removed is obtained for its optimum operating point. For this
estimation, a water input at 30oC is considered and the cost of
thermal input to the system was not considered, as this cost is
highly variable and depending on the origin of the thermal en-
ergy. Experimental and modeling results show that brine inlet
temperature to the CT is the most critical variable. It was deter-
mined as reduction of energy cost per evaporation brine volume
of 100 kW/m3 with an increment of 10oC of inlet temperature
of brine in the range of 20–30oC. The influence of the working
temperature of the system is critical for the decreasing of energy
cost. In the same way, the air saturation conditions at the inlet
is a remarkable variable for the system efficiency. The higher air
saturation, the lower efficiency. The highest energy cost is as-
sociated with the electrical consumption of the blower necessary
for the passage of air in the system. The CT system is thus a
prototype with a great potential for improvement and reduction
of costs resulting from these tests. In the industrial environment,
with the increase in the sections of the air passage ducts and the
increase in the flow of circulating air, the improvement of the
system would be considerable, obtaining a reduction in the en-
ergy cost ratio (kWh/m3) of evaporated brine, with respect to the
measured in this study.
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NOMENCLATURE

A [mm2] Section Area
D [mm] Diameter
G [kg.m−2.s−1] Mass flux
p [kPa] Pressure
q′′ [kW.m−2] Heat flux provided by heat surface
Re [-] Reynolds number
W [ml.min] Width

Special characters
ρ [kg.m−3] Density
µ [m.N.s.m−2] Dynamic Viscosity

Subscripts
h hydraulic
l liquid
s saturation
v vapour

ABSTRACT
Microchannel heat sinks have a great potential for small scale

cooling systems. Adding to this, two phase flow has also been
known to further increase heat transfer. But flow instability, high
pressure losses, dry-out and backflow are known problems of this
type of flows, that can compromise the effectiveness of cooling.
This paper presents a geometrical study to develop a microchan-
nel heat sink to be used in cooling applications under different
heat flux and flow conditions. A systematic experimental ap-
proach is used to optimize the heat sink geometry using a single
channel device, and testing it with different widths and volumet-
ric flows. The two-phase flow was first characterized using a
qualitative approach. Liquid, bubbly and slug flows were ob-
served for the different applied conditions. Bubbly flow was ob-
served to be stable if transition to slug flow is avoided. This was
observed to be possible by two distinct means: increasing the
volumetric flow passing the microchannel device, or increasing
the width of the channels.

INTRODUCTION
Microchannel based heat sinks are pointed to have a strong po-

tential to be used in cooling systems, for applications requiring

the dissipation of high heat loads, such as in electronics cooling,
in the cooling of PV panels, among others (e.g. Smakulski and
Pietrowicz [1]). The need to develop an efficient cooling system
for the cooling of electronics and batteries in UAV’s - unmanned
aerial vehicle is also an emergent problem in Defense as stated
by Quinty [2], as it is known that thermal management issues
strongly affect the batteries performance, namely the charging
and the autonomy as previously studied by Zhu et. al [3], which
will significantly reduce the autonomy of the UAV, compromis-
ing the mission. Also here, several studies have explored the use
of microchannel heat sinks, using a variety of working fluids,
including nanofluids, but an efficient solution has not yet been
achieved. Heat sinks geometry must be customized and opti-
mized, as reported in various experimental and numerical stud-
ies in the literature (e.g. [4], [5], [6] and [7]). On the other hand,
the use of liquid phase change is considered a large advantage
in forced convection cooling systems, due to the additional term
related with the latent heat of vaporization. However, controlling
these two-phase flows in microchannels is much more difficult
due to the instabilities in the flow and in the heat transfer mecha-
nisms, arising from the presence of the vapour bubbles. Besides
contributing to clogging and to flow instability, the presence of
the bubbles is much more difficult to model, increasing the com-
plexity of the system to control. In this context, optimizing the
design of a two-phase flow heat sink based on microchannels re-
quires a more systematic numerical and experimental approach
to understand and describe the basic energy and force balances in
well established boiling regimes, which can then be extrapolated
to relevant working conditions. In this context, the present work
complements a numerical approach towards the optimization of
a microchannel based heat sink and addresses the experimental
characterization of the heat transfer processes in well-defined im-
posed heat fluxes, for flow boiling regimes in a single microchan-
nel. Different imposed working conditions are firstly addressed
to identify the boiling regimes, as a function of the imposed heat
flux and mass flow rates. Then, under a controlled bubbly flow
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regime, bubble dynamics is detailed and characterized in terms
of the forces locally applied on the bubbles, which in turn may
affect the fluid flow and the heat transfer.

MANUFACTURING THE PROTOTYPES

Figure 1. Channel manufacturing process: A. 3D printed resin
mold; B. Resulting PDMS prototype; C. Measurements for the
protype mold.

Single channel prototypes were manufactured in
Poly(dimethylsiloxane) – PDMS and tested. To manufac-
ture them, liquid PDMS was poured in a resin 3D printed mold
with the desired characteristics. The process is represented in
Figure 1 and the mold is depicted in Figure 1.A. The polymer
would then curate during 48h, resulting in a PDMS device as
shown in Figure 1.B. Finally, it is cut in order to fit the instal-
lation and punctured in the inlet and outlet of the channel so
that liquid can flow through it. The channels have a rectangular
1mm high section, with the widths 500mm, 750mm and 1mm.
The prototypes have a 2 mm diameter inlets and outlets, and
the channel length is 40 mm long. These measurements are
represented in Figure 1.C. The roughness of the PDMS channels
couldn’t be measured with the existing technique, as the values
were lower than the instrument’s precision. For this reason, it
was considered to be 0.

EXPERIMENTAL SETUP
A schematic of the experimental setup is presented in Fig-

ure 2. The PDMS - Poly(dimethylsiloxane) microchannel (5) is
placed on top of a stainless-steel foil (AISI 304) (8), which is 20
µm thick. The stainless-steel foil is heated by Joule effect, using
direct current from a HP 6274B DC power source (6). This foil
is used to simulate the heat that would be derived from a hot sur-
face such as a PV cell or a CPU. The flowrate is controlled using
a syringe pump (1) that drives the fluid to the microchannel. The
working fluid is preheated using a sleeve heater wrapped around
the syringe (2). The temperature is controlled with K thermocou-
ples in the sleeve, connected to a control PID unit (3). The inlet
and outlet conditions are then measured using K thermocouples
and absolute pressure transducers (Wika A-10). The pressure
transducer at the inlet measures up to 250kPa, while the pressure
transducer at the outlet measures up to 160kPa. The data from
these sensors is read by a data acquisition board and processed
using a house-made LabVIEW routine. The flow boiling inside

Q A Dh (mm) G Re

ml/min mm2 mm kg.m-2.s-1 -

1 2.50E-04 0.400 94.573 87.98

1.5 2.50E-04 0.400 141.860 131.96

1 5.00E-04 0.667 47.287 73.31

1.5 5.00E-04 0.667 70.930 109.97

1 7.50E-04 0.857 31.524 62.84

1.5 7.50E-04 0.857 47.287 94.26

1 1.00E-03 1.000 23.643 54.98

1.5 1.00E-03 1.000 35.465 82.48
Table 1. Test parameters for the microchannel prototypes.

of the microchannel is visualized and recorded during the experi-
ments using a Phantom v4.2 High Speed Camera (4), working at
1000fps. The camera uses a Leica microscope lens with 4x mag-
nification. For the optical configuration used here the calibration
factor is 21 µm /pixel. Surface temperature is monitored with
a type K thermocouple put on the back side of the surface. Fi-
nally, the working fluid exits the system and is stored in a closed
container at atmospheric pressure (7).

EXPERIMENTAL CONDITIONS
The focus of the experiments is to explore how to optimize

the flow regime of the microchannels in order to minimize ob-
struction to the flow. To do this, several parameters can be taken
into consideration, as they affect both the heat transfer to the
fluid and the flow regime. These are the imposed heat flux, the
inlet volumetric flow and the channel width. A summary of the
values used in the experiments is presented in Table 1. 2 rounds
of experiments were performed. The first one, with a fixed
microchannel width, covered all the heat flux and volumetric
flow combinations and aimed at getting a better understanding
on how these can influence the flow regimes throughout 3
sections of the channel: inlet, middle and outlet. The second
round had a more selective combination of volumetric flows and
heat fluxes, but a wider range of channel widths. In this second
round only the inlet and outlet of the channel were analyzed.
When analyzing the data, the mass flux G was used in order
to also account for the section of the channel as it would vary
between experiments. Although the ultimate objective of this
analysis is to apply the obtained knowledge to cool photovoltaic
panels, due to the limitations of PDMS, namely its melting
temperature, the used heat flux values were kept lower than the
PV heat flux values reported in the literature.

The working fluid is HFE7100 from 3M. Relevant thermal
properties can be found in Table 2
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Figure 2. Experimental Setup Schematic: 1. Syringe Pump, 2. Syringe Heater, 3. Temperature Control for the syringe heater, 4.
High-Speed Camera, 5. PDMS microchannel device, 6. DC Power Output, 7. Container for fluid exiting the system, 8. Stainless-Steel
Foil

Ts Saturation Temperature [C] 61

ρl Liquid Density [kg/m3] 1500

µ Liquid Dynamic Viscosity [mNs/m2] 0.279

ρv Vapour Density [kg/m3] 9,6

Table 2. HFE 7100 Liquid and Vapour Properties

ACCOUNTED UNCERTAINTIES
Most of the analyzed flows were in the bubbly flow regime.

Visual analysis of the high speed videos was used to assess
bubble dynamics parameters such as diameter, velocity and fre-
quency. These values were obtained from the analysis of approx-
imately 15 frames, with an accuracy of ±1 pixel. As for the re-
maining relevant parameters, uncertainty was evaluated based on
Moffat approach [8]. Main uncertainties of the measurements,
associated to the equipment are provided in Table 3.

Parameter Uncertainty

Flow rate (Syringe pump) ±0.035%

Inlet pressure ±1.25kPa

Outlet pressure ±0.8kPa

Inlet/outlet temperatures ±0.5ºC

Bubble diameter ±45 µm

Bubble Velocity ±0.0029m/s

Table 3. Accounted Uncertainties

RESULTS

Figure 3. Different flow regimes identified in the high speed
videos: A. Liquid flow; B. Single Bubble; C. Bubbly Flow; D.
Transition from bubbly to slug flow; E. Slug flow; F. Vapour flow

Firstly, a qualitative analysis was performed into the different
flow regimes and how they vary with the chosen parameters. To
do this, first, the several regimes mentioned were identified. 6
distinct regimes were identified as depicted in Figure 3.

In this study, the first round of experiments was aimed at iden-
tifying the flow boiling regimes that could be observed within the
range of working conditions covered here. The range of regimes
is given in Figure 4, as a function of the mass flow rate and of the
imposed heat flux. The results show that almost all the regimes
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Figure 4. Flow Boiling Patterns observed during the first round
of experiments

are observed, except for the annular flow, which requires partic-
ularly high imposed heat fluxes to be observed. The figure shows
that, as expected, for low mass fluxes, liquid phase change occurs
at very low mass fluxes (saturation temperature at ambient pres-
sure of HFE7100 is 61ºC) so that the bubbly flow, addressing the
organized nucleation and bubble, is the first regime observed. As
the imposed heat flux increases, transition from bubbly to slug
and then from slug to vapor starts to be observed. This trend
is clearly observed for the lower mass flow rates of the order of
30 kg.s−2.m−2 or lower. As the mass flow rate increases, the
amount of liquid mass to be heated is larger and consequently,
single phase flow and single bubble nucleation (onset of boil-
ing are detected, so that bubbly flow is only observed at higher
imposed heat fluxes (of the order of 1.7KWm−2). Despite the
imposed heat flux is homogeneously distributed on the heated
surface, the fluid is heated along the length of the microchannel,
so the transition to bubbly flow and from slug to vapour is more
likely to be observed near the outlet of the microchannel.

In the second round of experiments the 4 different microchan-
nels prototypes were analyzed applying to the foil only 3 of the
previously used heat flux values. Figure 5 illustrates the regimes
observed. The main trend to be noted here is that lower widths
(O 400, O 667) shows mainly bubbly flows even at higher mass
fluxes. On the other hand, higher width means less mass flux and
so the fluid’s temperature will increase, showing more vapour

Figure 5. Flow Boiling Patterns observed during the second
round of experiments

dense regimes (marked by the color red). Also by increasing
the volumetric flow and maintaining the same width, the liquid
velocity decreases and the flow heats. So with increased volu-
metric flows, more vapor dense flows can be observed. These
flow regimes, depicted by the images D, E and F in Figure 3, are
characterized by higher pressures, flow instability and in some
cases, reversed flow.

Next, the bubbles per second passing through the outlet were
accounted for. Figure 6 depicts the bubble frequency for the
several channels tested with two distinct volumetric flow values.
First it is possible to observe that the bubble frequency generally
matches the fluid velocity increase. Another noticeable trend is
that more bubbles are seen at higher heat fluxes. This can be ex-
plained by previously performed single bubble analysis, which
shows that at higher heat fluxes there is an increase in the bubble
departure frequency in the activated nucleation regions [9], but
also that more nucleation regions are activated and an increased
pressure are observed due to the increased imposed heat flux.
Further increase of the heat flux causes the bubbles per second
to increase too, but in some cases (such as [Q=1ml/min, HD =
857], [Q=1.5ml/min HD = 857] or [Q=1.5ml/min HD = 667]),
decelerate or even drop. This happens as the bubbles coalesce
and form less but larger masses of vapour.

Finally the effects of the flow regimes on pressure were evalu-
ated. To do this the 857 µm channel width was considered, as it is
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Figure 6. Bubbles per second passing through the outlet with 1 and 1.5 ml/min flows

the geometry with a larger range of flow regimes observed. Dur-
ing the experiments, the pressure transducer values are recorded
during a given period of 20-40s. The averaged results for the
several experiments performed can be seen in Figure 7. Each of
these sets of results was paired with a frame from the respective
test, to ilustrate the observed regime. The plot shows a trend: the
higher the heat flux, the higher the pressure. While the 1.026 and
1.6 kW.m-2 heat flux tests did not show considerable impact on
the measured pressure, the highest heat flux showed more unsta-
ble results. This difference can be directly linked with the flow
regime: slugs clog the channel and cause sudden pressure peaks.

Figure 7. Measured pressure at the inlet for the Dh = 0.857mm
wide channel at 1.0 ml/min

CONCLUSIONS
In this work the influence of heat flux, volumetric flow and

channel width was evaluated in order to optimize pressure losses

and instability inside microchannel heat sinks. Several flow
regimes were observed using a high speed camera, including
liquid, bubbly and slug flow. The latter was observed to cause
instability in the pressure and backflow, while less impact was
observed in the bubbly flow regime. When using higher heat
fluxes, higher mass fluxes can prevent a slug flow from clogging
the device. These were achieved by either having a lower input
volumetric flow or a larger section.
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ABSTRACT 
Characterization of latent heat thermal energy storage 

systems can be done with the recently developed charging time 

energy fraction method. This method allows to predict the outlet 

heat transfer fluid temperature of a latent thermal storage unit but 

heat losses were not yet considered in the method. The present 

paper further develops the charging time energy fraction method 

by proposing a heat loss model describing the heat losses as 

function of the energy fraction of the thermal battery. A finite 

volume model of a high temperature thermal battery is used to 

validate the proposed heat loss model. The improved charging 

time energy fraction method is then used to characterize a high 

temperature thermal battery by calibrating a model on 36 

numerical charging experiments and compare it to four 

numerical validation experiments and four real experiments. 

This low computational cost model is able to accurately predict 

the HTF outlet temperature of latent thermal energy storage heat 

exchangers. 

INTRODUCTION 
In a recent book chapter on the design of latent thermal 

energy storage (LTES) systems, Groulx et al. [1] highlighted the 

necessity of high quality experiments on LTES systems. Testing 

complete LTES heat exchangers is required to determine the 

performance of a storage system since performance of a LTES 

heat exchanger cannot be predicted based on the characterized 

representative units. This has resulted in a large amount of 

research testing specific heat exchangers. However, until 

recently there was no general method available to obtain a 

predictive model for key performance indicators based on 

experimental data. As a result, comparing results of studies 

executed with different operational points (inlet mass flow rate 

and temperature) was difficult. Therefore, each specific LTES 

heat exchanger had to be tested again for each new application. 

The recently developed charging time energy fraction method 

(CTEFM) [2] provides a method for characterizing the outlet 

temperature of a LTES heat exchanger as a function of the inlet 

conditions but did not consider heat losses in the study. In this 

work a heat loss model is implemented in the CTEFM and 

validated on a numerical dataset. The CTEF model is then 

compared to measurement data on a high temperature LTES unit. 

NOMENCLATURE 

�̇� [W] Efflux of energy

𝐹 [J] Integrated efflux of energy

h [J/kg] Specific enthalpy

𝐼𝛥𝑇
[K] Integrated average temperature difference between the 

measured and predicted outlet temperature

J [J] Stored internal energy
k [W/mK] Thermal conductivity

�̇� [kg/s] Mass flow rate 

�̇�𝑙𝑜𝑠𝑠  [W] Heat loss

𝑡𝑐
[s] Charging time 

u [J] Specific internal energy

U [J] Internal energy

UA [W/K] Overall heat transfer coefficient 

Special characters 
α [-] Energy fraction 

𝛥𝑈 [J] Total maximum stored internal energy in a charging 

cycle

𝛥𝑇 [K] Temperature difference between the HTF inlet

temperature and the PCM phase change temperature

Subscripts 
amb ambient 

c LHTES container 

end End of experiment 
exp experiment 

In Inlet HTF 

Ini LHTES initial temperature 
Nts Number of timesteps 

Out Outlet HTF 

surf surface 
start Start of experiment 

sim simulation 

Charging time energy fraction method 
The CTEFM is a low computational cost model to predict the 

outlet temperature of a latent thermal energy storage heat 

exchanger [2]. The correlation proposed to construct the 

charging time energy fraction method is an analytical solution to 

the total charging time by Bauer et al. [3] and reformulated by 

Beyne et al. [4]. The general correlation is in the form of Eq. 1. 

𝑡𝑐 =
𝑠𝑙𝑜𝑝𝑒

𝛥𝑇
+ 𝑖𝑛𝑡𝑒𝑟𝑐𝑒𝑝𝑡 , 1 
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Since no general correlation for the Slope and Intercept is 

available, the slope and intercept has to be fitted for each specific 

LTES heat exchanger separately in order to construct the 

charging time energy fraction model. This fitting process is 

described by Beyne at al. [2] where both the Slope and the 

Intercept are functions of the HTF mass flow rate �̇�. The 

charging time correlation used to estimate the charging efflux of 

energy and HTF outlet temperature is thus given by Eq. 2 with 

A, B, C and D fitting coefficients. 

𝑡𝑐(𝛼) = (𝐴(𝛼) +  
𝐵(𝛼)

�̇�
)

1

𝛥𝑇
+ (𝐶(𝛼) +

𝐷(𝛼)

�̇�
) 2 

As outlined in the work of Beyne et al. [2] the stored internal 

energy at any time during the charging cycle 𝐽(𝑡) can also be 

written as Eq. 3 with 𝛼(𝑡) the energy fraction as function of time. 

This energy fraction is a continuously increasing function 

between 0 and 1. It is thus a cumulative distribution function 

describing the stored energy. 

𝐽(𝑡) = ∫ 𝑑𝑈

𝑡

𝑡𝑠𝑡𝑎𝑟𝑡

=  𝛼(𝑡)𝛥𝑈 3 

𝛥𝑈 is the maximum possible stored energy at the end of a 

charging cycle (for an adiabatic system) between two known 

states (Eq. 4) 

𝛥𝑈 = ∫ 𝑈(𝑡) 𝑑𝑡

𝑡𝑒𝑛𝑑

𝑡𝑠𝑡𝑎𝑟𝑡

= 𝑈(𝑡𝑒𝑛𝑑) − 𝑈(𝑡𝑠𝑡𝑎𝑟𝑡) 4 

The efflux of energy, 𝐹(𝑡)̇ , is the net efflux of energy and the 

energy transfer associated with the mass flow of HTF can also 

be integrated in time to return the integrated efflux of energy, 

𝐹(𝑡), given by Eq. 5. Only when heat losses are negligible this 

integrated efflux of energy equals Eq. 6. In this case by 

correlating the energy fraction function 𝛼(𝑡) the outlet state of 

the LTES heat exchanger can be determined. 

𝐹(𝑡) = ∫ �̇�(𝑡)

𝑡

𝑡𝑠𝑡𝑎𝑟𝑡

= ∫ �̇�(𝑡)(ℎ𝑖𝑛(𝑡) − ℎ𝑜𝑢𝑡(𝑡))

𝑡

𝑡𝑠𝑡𝑎𝑟𝑡

 5 

𝐹(𝑡) = 𝛼(𝑡)𝛥𝑈     , 𝑖𝑓 �̇�𝑙𝑜𝑠𝑠𝑒𝑠 = 0 6 

 
Figure 1. Graphical representation of the modification required to use 

the CTEFM with heat losses present 

 

The charging time energy fraction method developed by Beyne 

et al. [2] thus needs to be adapted to include heat losses. A 

graphical representation of this modification is shown in Figure 

1. From the measured integrated efflux of energy, 𝐹(𝑡), the 

actual evolution of the energy fraction 𝛼(𝑡) needs to be retrieved 

before the CTEF model can be calibrated. 

 

CTEFM heat loss model description 

When heat losses are negligible the HTF outlet 

temperature will eventually approach the HTF inlet temperature 

at the end of charging process. On the other hand when heat 

losses are present, at the end of the charging process when the 

stored energy does not change any more the efflux of energy 

equals these heat losses described by Eq. 7.  

�̇�𝑙𝑜𝑠𝑠𝑒𝑠(𝑡𝑒𝑛𝑑) = �̇�(𝑡𝑒𝑛𝑑) 7 

Heat losses from a system can also be described by the overall 

heat transfer coefficient, 𝑈𝐴𝑙𝑜𝑠𝑠, or the heat conduction through 

the outer surface of the LHTES heat exchanger. This is 

graphically shown in Figure 2. Heat is lost from the LHTES 

system to the environment at a certain temperature 𝑇𝑎𝑚𝑏 . The 

LHTES system has a number of constituents (HTF, tube wall, 

PCM, insulation) each at a certain temperature. The internal 

energy of the LHTES heat exchanger U can be determined as the 

sum of the internal energy of the PCM UPCM, container Uc and 

HTF UHTF as a function of the local state of the LTES heat 

exchanger. The insulation is not considered to contribute to the 

internal energy change of the LHTES and an internal energy 

change of the insulation is accounted for in the heat losses. 

Fourier’s law of heat conduction can be applied between the 

constituents layers and its interfaces. However, in order to reduce 

uncertainties the most straightforward way is to apply it from the 

interface layer PCM-insulation and the environment as in Eq. 8. 

�̇�𝑙𝑜𝑠𝑠𝑒𝑠(𝑡) =
𝑘𝐴

𝛥𝑥
(𝑇𝑠𝑢𝑟𝑓,1(𝑡) − 𝑇𝑎𝑚𝑏(𝑡)) = 𝑈𝐴𝑙𝑜𝑠𝑠(𝑇𝑠𝑢𝑟𝑓,1(𝑡) − 𝑇𝑎𝑚𝑏) 8 

 
Figure 2. Representation of the considered LTES system with 1 tube. 

Between the PCM and ambient a heat loss factor is assumed which 

needs fitting to experimental data. 

 

The charging time energy fraction method requires correlating 

the energy fraction 𝛼(𝑡) to predict the outlet state of the LHTES 

heat exchanger. If for an adiabatic system this can be done as in 

Eq. 6, for a system with heat losses this reads as Eq. 9, with 

𝑄𝑙𝑜𝑠𝑠(𝑡) the integrated heat losses as in Eq. 10.  

𝛼(𝑡) =
1

𝛥𝑈
(𝐹(𝑡) − 𝑄𝑙𝑜𝑠𝑠(𝑡)) 9 

𝑄𝑙𝑜𝑠𝑠(𝑡) = ∫ �̇�𝑙𝑜𝑠𝑠(𝑡)𝑑𝑡

𝑡

𝑡𝑠𝑡𝑎𝑟𝑡

 10 
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Eq. 10 can be rewritten as Eq. 11 by differentiating the energy 

fraction function 𝛼(𝑡) with respect to time. 

𝑑𝛼(𝑡)

𝑑𝑡
=

1

𝛥𝑈
(

𝑑𝐹(𝑡)

𝑑𝑡
− �̇�𝑙𝑜𝑠𝑠(𝑡))  11 

Combining Eq. 11 with Eq. 8 gives Eq. 12 

𝑑𝛼(𝑡)

𝑑𝑡
=

1

𝛥𝑈
(

𝑑𝐹(𝑡)

𝑑𝑡
− 𝑈𝐴𝑙𝑜𝑠𝑠(𝑇𝑠𝑢𝑟𝑓,1(𝑡) − 𝑇𝑎𝑚𝑏))  12 

The LHTES surface temperature 𝑇𝑠𝑢𝑟𝑓,1 can also written as 

function of the energy fraction 𝛼 by as in Eq. 13. 

𝑇𝑠𝑢𝑟𝑓,1(𝑡) = 𝑇𝑖𝑛𝑖 + 𝑓(𝛼)(𝑇𝐻𝑇𝐹,𝑖𝑛 − 𝑇𝑖𝑛𝑖)  13 

The surface temperature should be in between the initial uniform 

starting temperature of the LHTES and the HTF inlet 

temperature. This makes that the function 𝑓(𝛼) needs to be 

continuously increasing and a power law with factor n as in Eq. 

14 is proposed. 

𝑓(𝛼) = 𝛼(𝑡)𝑛  14 

Combining Eq. 12, 13 and 14 results in Eq.15 which represents 

the total heat loss model. 

𝑑𝛼(𝑡)

𝑑𝑡
=

1

𝛥𝑈
(

𝑑𝐹(𝑡)

𝑑𝑡
− 𝑈𝐴𝑙𝑜𝑠𝑠(𝑇𝑖𝑛𝑖 + 𝛼(𝑡)𝑛(𝑇𝐻𝑇𝐹,𝑖𝑛 − 𝑇𝑖𝑛𝑖) − 𝑇𝑎𝑚𝑏))  15 

This ordinary differential equation can be solved to 𝛼(𝑡) if 

𝑈𝐴𝑙𝑜𝑠𝑠 and the power factor 𝑛 are known. The overall 𝑈𝐴𝑙𝑜𝑠𝑠  are 

characteristic values for the LTES heat exchanger and should be 

fitted to experimental results. Fitting 𝑈𝐴𝑙𝑜𝑠𝑠 and n requires an 

objective function. During an ideal charging process of an 

adiabatic system with a constant HTF inlet temperature and HTF 

mass flow rate, the HTF outlet temperature will eventually 

approach the HTF inlet temperature at the end of the charging 

process. On the other hand when heat losses are present during 

the charging process, the efflux of energy equals the heat losses 

if the experiment is continued until a steady state is reached.   

At the end of a charging cycle when the internal energy of the 

LHTES unit does not change any more 
𝑑𝛼(𝑡)

𝑑𝑡
 equals zero. 

Besides, 
𝑑𝐹(𝑡)

𝑑𝑡
 equals the efflux of energy �̇�(𝑡) and is measured 

throughout the charging process. At the of a charging cycle the 

efflux of energy �̇�(𝑡𝑒𝑛𝑑) equals the heat losses �̇�𝑙𝑜𝑠𝑠𝑒𝑠(𝑡𝑒𝑛𝑑) 

(Eq. 7). Also the energy fraction at the end of the charging cycle 

𝛼(𝑡𝑒𝑛𝑑) can be retrieved from solving the CTEF heat loss model 

for 𝛼(𝑡) (Eq. 15). These known states in fact simplify the fitting 

process as an objective function can be derived from Eq. 15 for 

𝑡 = 𝑡𝑒𝑛𝑑 , where 
𝑑𝛼(𝑡)

𝑑𝑡
 equals zero. It only requires experimental 

data from multiple charging cycles with different inlet 

conditions. The fitting strategy then chooses the parameters 

𝑈𝐴𝑙𝑜𝑠𝑠 and 𝑛 to minimize the absolute difference between the 

efflux of energy �̇�(𝑡𝑒𝑛𝑑) and the heat losses �̇�𝑙𝑜𝑠𝑠𝑒𝑠(𝑡𝑒𝑛𝑑) over 

a set of j experiments as in Eq. 17  

𝑚𝑖𝑛𝑖𝑚𝑖𝑧𝑒 ∑ �̇�(𝑡𝑒𝑛𝑑)  − 𝑈𝐴𝑙𝑜𝑠𝑠(𝑇𝑖𝑛𝑖 + 𝛼(𝑡𝑒𝑛𝑑)𝑛(𝑇𝐻𝑇𝐹,𝑖𝑛 − 𝑇𝑖𝑛𝑖) − 𝑇𝑎𝑚𝑏)

𝑗

𝑒𝑥𝑝=𝑖

 , 16 

After the fitting process (Eq. 16) and solving Eq. 15 to 𝛼(𝑡) the 

remainder of constructing the charging time energy fraction 

model remains the same as outlined in the work of Beyne et al. 

[2]. 

 

Finite volume model 

As the CTEFM needs a fitting process and full 

experimental characterization is time consuming a finite volume 

method of the storage unit is constructed to generate a dataset to 

calibrate a CTEF model. In the remainder of this paper the 

experiments composing this dataset are referred to as numerical 

experiments whereas practical experiments are just referred to as 

experiments. 

The numerical shell and tube LHTES model is a finite volume 

method expressing the conservation of energy and mass in the 

constituents of the LHTES heat exchanger by discretizing in 

control volumes and solving the conservation laws. This results 

in a discretized version of the local temperature 𝑇(�⃗�, 𝑡) of the 

control volumes while also the PCM control volume liquid 

fraction λ(�⃗�, 𝑡) is retrieved. The constituents of the model 

consider the HTF, the steel HTF tubes together with the 

aluminium fins and the PCM and are shown in Figure 2. Heat 

transfer to the steel container and surrounding insulation are only 

considered indirectly by defining a constant loss factor 𝑈𝐴𝑙𝑜𝑠𝑠. 

Natural convection in the PCM is not considered. The 

assumptions and construction of the model are similar to these 

considered in the work of Barz et al. [5], together with the phase 

change modelling of the PCM using an apparent heat capacity 

(�̃�𝑝) method. The constituting equations of the HTF, tube wall 

and PCM for each control volume are written in a sparse system 

of ordinary differential equations (ODEs) which is integrated in 

time using the Python scipy.integrate.odeint solver. The finite 

volume model eventually allows to retrieve the HTF temperature 

at the outlet of the LHTES unit and also the heat losses. 

Knowledge of the heat losses allows to validate the CTEF heat 

loss model presented in the previous paragraph. 

 

RESULTS 
Numerical model validation 

The finite volume (FV) model is developed under several 

simplifying assumptions and the factors determining the heat 

transfer (keff and 𝑈𝐴𝑙𝑜𝑠𝑠) are subject to experimental uncertainty. 

As a result of the assumptions made and uncertainty, the finite 

volume model requires fitting to match the experimental results. 

The total deviation (Eq. 20) is quantified using the average 

integrated temperature difference, 𝐼𝛥𝑇, between the measured 

and modelled HTF outlet temperature (Eq. 18) together with the 

error on the integrated efflux of energy at the end of the 

experiment (Eq. 19). 

𝐼𝛥𝑇 =
∑ |𝑇𝑜𝑢𝑡,𝑠𝑖𝑚

𝑖 −𝑇𝑜𝑢𝑡,𝑒𝑥𝑝
𝑖 |𝑁𝑡𝑠

𝑖=1

𝑁𝑡𝑠(𝑇𝑖𝑛,𝑒𝑥𝑝−𝑇𝑜𝑢𝑡,𝑒𝑥𝑝̅̅ ̅̅ ̅̅ ̅̅ ̅̅ ̅̅ ̅̅ ̅̅ ̅̅ ̅̅ ̅̅ ̅̅ )
 , 17 

𝐼𝛥𝐹 =
|𝐹𝑒𝑛𝑑,𝑠𝑖𝑚−𝐹𝑒𝑛𝑑,𝑒𝑥𝑝|

𝐹𝑒𝑛𝑑,𝑒𝑥𝑝
 , 

18 

𝑍 = 𝐼𝛥𝑇 + 𝐼𝛥𝐹 , 19 

The total error 𝑍 is minimized for all four experiments separately 

through variation of the effective conductivity and the overall 
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heat transfer coefficient. For each experiment the resulting 

optimum values are given in Table 1. 

 
Table 1. Optimum values of the effective thermal conductivity and 

overall heat transfer coefficient for the FV model. 

Experiment # Optimum 𝑘𝑒𝑓𝑓  [
𝑊

𝑚𝐾
] Optimum 𝑈𝐴 [

𝑊

𝐾
] 

1 9 45 

2 9 33 

3 9 29 

4 9 27 

 

The fitted parameters are used to simulate the four performed 

experiments with the exact input conditions and compare them 

to the measured values. For each experiment the optimum values 

of 𝑘𝑒𝑓𝑓  and 𝑈𝐴 are used and the average absolute temperature 

difference and maximum  absolute temperature difference are 

calculated. As the fitting for 𝑈𝐴 results in four different values 

the sensitivity of the model outputs is tested by also comparing 

the temperature differences using the average 𝑈𝐴 (= 33.5 W/K) 

of the four experiments. The results can be found in Table 2. The 

maximum error for all experiments occurs in the first 3 minutes 

where most of the transient phenomena occur. If this start-up 

phase is not considered the max error (with optimal 𝑈𝐴) reduces 

to 0.92 , 1.46 , 2.27, 1.88 °C, for experiment 1-4 respectively. 

The maximum error if the initial 5’ or 10’ are not considered is 

also given in the last column of Table 2. 

 
Table 2. Mean and average absolute temperature differences between 

simulation and experimental data. 
Experiment 

# 

Mean error 

with the 

optimal 

𝑈𝐴 [°C] 

Maximum 

error with 

optimal 

𝑈𝐴 [°C] 

Mean 

error with 

average 

𝑈𝐴 [°C] 

Maximum error with 

average 𝑈𝐴 [°C] 

1 0.50 2.42 0.62 2.42 / 1.54 (5’) 

2 0.64 2.69 0.64 2.69 / 1.48 (5’) 

3 0.78 3.26 0.77 3.26 / 2.29 (5’) / 1.87 (10’) 

4 0.80 2.69 0.80 2.69 / 2.09 (5’) / 2.09 (10’) 

 

Figure 3A shows the measurement and FV model prediction with 

𝑘𝑒𝑓𝑓= 9 and 𝑈𝐴 = 33.5 for experiment 1. The prediction is within 

the error margin for the outlet temperature for the majority of the 

experiment. From this HTF outlet temperature, the efflux of 

energy is calculated. Integration results in the integrated efflux 

of energy. Dividing by the total internal change of the LTES unit 

between the uniform starting temperature and the HTF inlet 

temperature results in the green line shown on Figure 3B. The 

stored energy of the LTES unit is obtained through subtraction 

of the heat losses from the integrated efflux of energy which 

forms the basis to calibrate the CTEF model. 

CTEF model calibration 

The calibration of the CTEF model is done on a dataset 

of 36 experiments generated by the FV model. The selection of 

the HTF inlet temperatures is based on the CTEF method. The 

choice of the inlet temperatures and mass flow rates is presented 

in Table 3. A combination of all possibilities results in a dataset 

of 36 experiments. In the remainder of this paper these 

experiments are referred to as numerical experiments. 
The numerical experiments are a substitute for real experiments 

and the data reduction should inherently treat this is real 

measurement data. Therefore the fitting strategy to find 𝑈𝐴 and 

n as in Eq. 16 is treated first and results in a 𝑈𝐴 value of 33.26 

and a factor n of 1.885. 

 

 

 

Figure 3. A) HTF temperatures of simulation and experimental data of 

experiment 1. B) Energy fraction as function of time with the total 

integrated efflux of energy and the stored energy needed to calibrate 

the CTEF model. 

 
Table 3. Experimental matrix used to generate 36 numerical 

experiments to calibrate the CTEF model 

𝑇𝐻𝑇𝐹,𝑖𝑛 [°C] 248 251 255 260 267 277 

�̇� [
𝑘𝑔

𝑠
] 1.8 2.1 2.4 2.7 3.0 3.3 

 
Once these fitting parameters are known Eq. 15 is solved to 𝛼(𝑡) 

with the Python scipy.integrate.odeint solver. The predicted 

stored energy of the LTES unit is then obtained as in Eq. 21 and 

can be compared to the actual stored energy given by the 

numerical experiments. 

𝐽(𝑡) = 𝛼(𝑡)𝛥𝑈 , 20 

The maximum error on the stored energy at the end of a charging 

cycle is 1.43 kWh, the maximum integrated error is 1.075 kWh 

and the mean integrated error is 0.68 kWh (less than 0.5%). 

Based on the minimum and maximum integrated error 

respectively a best and worst experiment can be determined. The 

worst experiment has inlet conditions 248°C and 1.8 kg/s and has 

the longest charging time while the best experiment has inlet 

conditions 277°C and 3.3 kg/s and has the shortest charging time. 

The errors made are thus dependent on the duration of the 

experiment. Figure 4 shows the predicted stored energy by using 

the heat loss model for the best experiment.  

A) 

B) 
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The predicted stored energy is then used to calibrate the CTEF 

model with Eq. 1-2. A series of energy fraction values are chosen 

between 0 and the minimum 𝛼(𝑡𝑒𝑛𝑑) of all numerical 

experiments which results in a series of charging time 

measurements. The result of the calibration process is shown in 

Figure 5. The errors on the fitting parameters A, B, C, D are the 

standard deviation. 

 
Figure 4. Comparison of the stored energy predicted by the CTEF heat 

loss model and the numerically obtained stored energy. The horizontal 

dotted line represents ΔU between initial temperature and HTF inlet 

temperature. 

 

CTEF model validation 

The charging time correlation given by Eq. 2 and the 

coefficients defined in Figure 5 are used to predict the charging 

time. The model is constructed by estimating the charging time 

for each energy fraction between 0.0096 and 0.9504. 

  

  
Figure 5. Fitting coefficients A, B, C, D for the charging time 

correlation as a function of the energy fraction. 
 

From the resulting charging time predictions the stored energy, 

efflux of energy and the outlet temperature as a function of time 

can be predicted. The resulting predictions can then be compared 

to the numerical outlet temperature, efflux of energy and energy 

as a function of time and with the experimental measurements. 

The deviation of the correlation which predicts the charging time 

from the numerical charging time is maximum 3% and achieves 

root mean square deviations well below 1% after energy fraction 

of 0.2. The experiment with the worst fit is selected and the 

results of the outlet HTF temperature are shown in Figure 6. The 

selection is based on the integrated absolute temperature 

difference 𝐼𝛥𝑇(𝛼𝑗) as Eq. 22.  

𝐼𝛥𝑇(𝛼𝑗) = ∑ (|�̅�𝑜𝑢𝑡,
𝛼𝑖+1𝛼𝑖 −

𝑇𝑜𝑢𝑡(𝑡𝑐(𝛼𝑖+1)) + 𝑇𝑜𝑢𝑡(𝑡𝑐(𝛼𝑖))

2
|

𝑡𝑐(𝛼𝑖+1) − 𝑡𝑐(𝛼𝑖)

𝑡𝑐(0.95)
)

𝑗

𝑖=0

 21 

  

 
Figure 6. Comparison simulation data and CTEF prediction HTF 

temperature 

 

The integrated absolute temperature difference between the 

energy fraction 0.1 and 0.95 for all performed experiments varies 

between 0.44 °C and 0.07 °C with both a trend in the error as a 

function of the mass flow rate and as function of 1 𝛥𝑇⁄ . As a 

result a systematic error between the predictions and the 

numerical data is still present in both the inlet temperature and 

the mass flow rate. This means the model is incomplete and can 

still be improved. 

 

The validation of the proposed CTEF model is also done on the 

experimental dataset. The inlet conditions of the validation 

experiments are different from the conditions to calibrate the 

model. For simplicity reasons the input temperature and mass 

flow rate for the CTEF model are chosen to be a constant value 

instead of the transients encountered in the experiments. In Table 

4 the integrated absolute temperature difference, together with 

the absolute maximum temperature difference and the mean 

temperature difference between energy fractions 0.1 and 0.95 

can be found for the four experiments. 

 
Table 4. Deviation between experimental data and CTEF predictions 

for the four experiments  

Experiment number 𝐼𝛥𝑇 [°C] Max [°C] Mean [°C] 

1 0.64 1.94 0.80 

2 0.75 4.70 0.96 

3 1.00 12.17 1.21 

4 1.38 14.35 1.84 

 

Figure 7 shows the HTF outlet temperature prediction for 

experiment 1. Except for the initial start-up phase the HTF outlet 

temperature is predicted well within the temperature error 

margins of the measurement. A detailed view of the initial start-

up for experiment 1 is also shown in Figure 7. 
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Figure 7. The predicted A) HTF outlet temperature, B) HTF outlet 

temperature in the initial stage of the charging cycle for experiment with 

250 °C HTF inlet and 1.89 kg/s HTF flowrate. 
 

The CTEF model receives a constant inlet temperature of 250 °C 

(experiment target temperature) and a constant mass flow rate. 

However, for the experiment it takes a while to reach the target 

temperature and the mass flow rate which results in an 

overprediction of the HTF outlet temperature and consequently 

efflux of energy in the beginning of the charging cycle. Once the 

experimental target values are reached the prediction is close 

within the error margin of the measurement.  

 

 
Figure 8. The predicted HTF outlet temperature for the charging cycle 

with HTF inlet temperature of 250°C and 3.24 kg/s HTF flowrate. 
 

For the experiments with higher mass flow rates as in experiment 

4 the deviation in the initial stage is more pronounced, shown on 

Figure 8. Especially the efflux of energy is not well represented 

and as a result the HTF outlet temperature. This is twofold, on 

the one hand it takes around 10-15 minutes to reach the target 

mass flow rate and on the other hand it also takes longer to reach 

the target temperature due to practical limitations of the electrical 

heater in the test rig. 

CONCLUSION  
Previous research showed that the charging time energy 

fraction method can be used to predict the outlet temperature of 

latent heat thermal energy storage systems. Until now, this 

method did not take into account heat losses. In this work a 

model for heat transfer to the ambient is appended to the 

previously described method. Validation of this heat loss model 

requires knowledge of the local state of the considered thermal 

battery. Without excessive thermal measurements this local state 

can not be retrieved. Instead, this information is retrieved from a 

finite volume model. The finite volume model is validated on a 

set of four charging experiments on high temperature thermal 

battery. It is shown that the heat loss model is able to accurately 

describe the heat losses of the thermal battery. The use of the 

charging time energy fraction method is then illustrated by 

generating a numerical dataset of 36 experiments representing 

the charging behaviour of a high temperature thermal battery. It 

is shown that the charging time energy fraction model is able to 

accurately predict the outlet temperature when compared to new 

numerical experiments. The prediction of the outlet temperature 

is on average within the error margins of the used sensors. When 

compared to the experimental data the prediction of the HTF 

outlet temperature deviates on average 1.2 °C over all four 

experiments. The initial stage of the charging process is not well 

represented because the assumed constant inlet conditions do not 

match the actual inlet conditions. Nonetheless, it is shown that 

the charging time energy fraction can be used to predict the outlet 

of experiments and is a powerful tool to characterize the 

behaviour of LHTES heat exchangers.  
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ABSTRACT
In order to fill in the gap in thermodynamic property data of

newer fluids, especially in the near-critical region where large
variations occur, a calorimeter test rig has been built. This flow
type calorimeter has been designed to measure the isobaric spe-
cific heat capacity of supercritical refrigerants with low Global
Warming Potentials as these refrigerants will become increas-
ingly important in the (near) future as working fluids in heat-to-
power or heat-to-heat conversion systems. In the experimental
test rig, supercritical pressure is applied through an accumulator
connected to a pressurized nitrogen vessel in combination with a
pressure reducing valve. After sufficient preheating, the refriger-
ant enters the test section at a certain set temperature (regulated
by PID temperature control). The mass flow rate is set by fre-
quency control of the circulation pump. In the test section itself,
heat is added by a horizontal microheater and the temperature
increase of the refrigerant is accurately measured by thermocou-
ples at in- and outlet. Heat losses to the environment are reduced
by surrounding the test section with an aluminum radiation shield
and a vacuum chamber. In this work, the system control, i.e.
the start-up and how a certain test condition is reached, is high-
lighted. In addition, the calibration of the test rig is discussed.
This includes estimation of the heat losses in the test section and
determination of the overall uncertainty on the specific heat ca-
pacity measurements. In order to validate the test rig, isobaric
specific heat capacities of R245fa are measured under subcritical
conditions and compared to data from property libraries. These
show promising results, however calibration of the test rig still
needs to be fine-tuned. The next steps include validation of the
test rig under supercritical conditions and an extensive measure-
ment campaign on multiple newer low Global Warming Potential
refrigerants in the supercritical region.

INTRODUCTION
Equations of State (EOS) are applied in commonly used prop-

erty libraries, such as the open-source library CoolProp [1] or
the licensed library REFPROP [2], in order to calculate trans-
port and physical properties of several fluids. These equations

NOMENCLATURE

cp [J/kgK] Isobaric specific heat capacity
e [/] Relative error
ṁ [kg/s] Mass flow rate
p [Pa] Pressure
Ṗ [W] Electrical power
Q̇ [W] Heating power
T [K] Temperature
U [/] Absolute uncertainty
Ẇ [W] Pumping power

Special characters
∆ [-] Difference

Subscripts
c critical
cool cooler
corr corrected
mh microheater
p isobaric
pc pseudo-critical
ph preheater

Acronyms
EOS Equations of State
GWP Global Warming Potential
PID Proportional Integral Derivative
ODP Ozone Depletion Potential

are mostly semi-empirical, as a physical model is fitted to ex-
perimental data [3], and therefore, accurate and reliable fluid
data is required in order to build trustworthy EOS. However,
for newer fluids data is lacking. This is especially the case in
the near-supercritical region, where temperatures and pressures
are relatively high and properties vary significantly over a small
temperature range, making data collection even more challeng-
ing. Nevertheless, operation in this region is gaining in interest
in recent years for low-temperature heat recovery applications
such as transcritical organic Rankine cycle systems or supercrit-
ical heat pump systems. Environmental impact of refrigerants is
addressed more when selecting a suitable working fluid in these
cycles, making newer refrigerants with a low Global Warming
Potential (GWP) increasingly important [4]. Consequently, there
is a need to extend the property database of newer refrigerants,
also covering the near-supercritical region. As the isobaric spe-
cific heat capacity (cp) is a key thermophysical property in de-
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termining the heat transfer and, therefore, in sizing the heat ex-
changers in the above mentioned systems, this is the focus of the
current work.

Several measurement techniques exist in order to measure the
cp-values of a fluid (falling under the term ‘calorimetry’). These
include Workman calorimetry [5], Calvet calorimetry [6] and
flow calorimetry [7], each having their own advantages and dis-
advantages. As the focus lies on measuring the cp of ‘unknown’
(near-)supercritical fluids, the decision was made to build a flow
calorimeter, as this has the following benefits. Firstly, the mea-
surement technique does not make use of a closed volume, so
fluids with large density variations can be measured (which is
the case for supercritical fluids close to the critical point) and
density does not have to be known in order to determine the cp
values (which is useful for newer fluids, where this data is also
not necessarily readily available). Secondly, the measurement
technique is absolute, meaning that no ‘well-known’ reference
fluid is required.

The remainder of this paper is as follows. First, the test rig
that has been built will be described. Next, the control strategy
will be elaborated on and the measurement strategy will be dis-
cussed. Finally, some initial experimental measurements will be
discussed which serve as calibration and validation of the exper-
imental test rig.

DESCRIPTION OF THE FLOW CALORIMETER TEST
RIG

In Figure 1, a CAD drawing of the calorimeter test rig is pre-
sented, where the main components have been indicated. In Fig-
ure 2, a hydraulic schematic of the test rig is provided. This
test rig has been specifically designed for the following refrig-
erants: R1234yf, R1233zd(E), R1234ze(E), R1224yd(Z) and
R1336mzz(E), as these are refrigerants with low GWPs and
(near-)zero Ozone Depleting Potentials (ODPs) and are consid-
ered as potential working fluids in low-grade heat conversion
systems [8–10]. While performing the measurements, the en-
tire setup is under supercritical pressure. This is realized by the
accumulator, which is connected to a pressurized nitrogen ves-
sel (precharged at 200 bar). Through the use of a high pressure
reducing valve in between the nitrogen vessel and the calorime-
ter, the charge on the accumulator can be set. Finetuning of the
pressure in the test rig is done by a pressure reducing valve in the
refrigerant loop itself (as indicated on Figure 1 and 2). Here, the
outlet pressure of the valve can be manually set between 0 and 50
bar. As safety measure, a safety relief valve is installed after the
accumulator (the location where the highest pressure in the test
rig will occur). As the supercritical pressure is kept through the
entire installation, the pump only has to compensate for the pres-
sure losses in the system. For this purpose, a sliding vane pump
is installed. Through use of a frequency drive, the frequency of
the pump can be set to regulate the mass flow rate of refrigerant.
In front of the pump, a filter is placed to protect it from particles
and dirt. The mass flow rate (ṁ) of the refrigerant is monitored
by a coriolis flow meter. The refrigerant flows through a preheat
section, where two heating wires (with a total capacity of 2 kW)

are wrapped around the tubing. In combination with PID temper-
ature control at the outlet of the preheat section, the desired inlet
temperature to the test section (i.e. calorimeter on CAD draw-
ing) is set by altering the power applied to the heating wires.
After passing the test section (which consists of a 1/2 inch stain-
less steel tube), the refrigerant is cooled down to below 140◦C in
the cooler (also PID temperature controlled).

Figure 1. CAD drawing of the calorimeter test rig with the
main components indicated.

The principle behind flow calorimetry is quite simple, and il-
lustrated by Eq. 1. In this equation, Tm and pm represent the tem-
perature and pressure of the measurement, respectively. These
values are equal to the mean values before and after the calorime-
ter. Q̇ is the power that is added in the calorimeter and ∆T the
temperature increase in the calorimeter. ∆p is the pressure drop
over the calorimeter.

cp(Tm, pm) =
Q̇

ṁ∆T

∣∣∣∣
low ∆p

(1)

In the calorimeter constructed in this work, an in-tube micro-
heater is used to heat up the refrigerant flowing through the test
tube. This results in a temperature increase over the microheater,
which is measured by in-house calibrated T-type thermocouples
positioned before and after the microheater. The isobaric specific
heat capacity of the refrigerant can then be calculated using Eq.
1. This equation is only valid when the pressure drop over the
calorimeter is low (in order to approximate isobaric conditions).
Therefore, in order to monitor this pressure drop, pressure sen-
sors are placed at the in- and outlet of the calorimeter. In ad-
dition, the heat input Q̇ has to be accurately determined. Heat
losses from the calorimeter to the environment are reduced by an
aluminum radiation shield which has been mounted over the test
tube and by placing it in a vacuum chamber. Stick-on thermo-
couples are attached to the vacuum tube in order to monitor the
losses. The entire test rig is also covered in insulating material.

The data acquisition systems of the test rig are the following.
All thermocouples are read out by a Keithley DAQ6510 system
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Figure 2. Hydraulic schematic of calorimeter test rig.

equipped with a 7708 plug-in module. The other components
which have signal in- or outputs (pressure sensors, mass flow
meter, frequency drive, . . . ) are connected to a CompactDAQ-
9174 from National Instruments, which an NI-9263 and NI-9203
module.

CONTROL AND MEASUREMENT STRATEGY
The test rig discussed in the previous section is controlled by

a LabVIEW (2016) program. This program displays all the mea-
sured parameters, writes out and saves the measurements in the
desired format, and regulates several parameters such as pump
frequency and valve positions. As mentioned before, the inlet
temperature of the calorimeter is regulated by PID control of the
power of the preheating wires. The temperature after the cooler is
regulated by PID control of the three-way valve in the secondary
cooling circuit. The temperature increase in the calorimeter is
also monitored and adjusted by adjusting the power of the mi-
croheater. In addition, some safety features are also added in the
program (e.g. heating of preheater is decreased and cooling is
increased when pressure becomes too high). Other controls or
safety measures are performed mechanically or manually.

Start-up and reaching a steady-state point in the supercritical
region goes as follows. First, the vacuum pump and the pump
of the secondary cooling loop are turned on (with the three-way
valve still fully closed). Second, the desired inlet temperature
of the calorimeter is adjusted in the LabVIEW program. Next,
the pump is turned on. When a minimum flow rate is achieved
(this to avoid overheating of the heating wires), the preheater is
turned on, which will be at full power during start-up. When the
temperature of 130◦C has been reached after the preheater, the
three-way valve is opened to protect certain components from
overheating. During heating, the frequency of the pump is man-
ually adjusted to achieve a mass flow rate close to the design
mass flow rate of 0.01 kg/s (36 kg/hr). Due to heating of the
refrigerant, the pressure in the entire setup will increase. If this
pressure, when the desired inlet temperature at the calorimeter

has been reached, is still below the desired set pressure, nitrogen
is added to the accumulator in order to increase the pressure in
the system. The outlet pressure of the pressure reducing valve is
manually set to the desired pressure of the measurements. When
the set temperature and pressure are reached, the microheater is
powered and adjusted so a temperature increase of 3 - 5 K is
measured over the test section.

DATA REDUCTION AND UNCERTAINTY ANALYSIS
As illustrated by Eq. 1, the determination of the isobaric spe-

cific heat capacity is quite straightforward. By measuring the re-
frigerant mass flow rate, the temperature increase over and power
supplied to the test section, cp-values can be obtained. The power
supplied to the test section is measured by using a shunt resis-
tance which is placed in series with the microheater. The mass
flow rate is measured by a coriolis mass flow meter and the tem-
perature increase over the test section is measured by calibrated
T-type thermocouples. As accurate temperature measurements
are key in the data reduction, three thermocouples are placed at
the inlet and two at the outlet to ensure reliable measurements
are performed, as formation of a boundary layer could negatively
impact the measurement of the bulk temperature. The uncertain-
ties on the key measurements are displayed in Table 1. These
uncertainties already include the accuracy of the data acquisi-
tion systems as well. The value reported on the mass flow rate
measurement is specifically for the design mass flow rate of 0.01
kg/s. For cp-values calculated with CoolProp, an uncertainty of
2% is taken.

Table 1. Sensor uncertainties.

Sensor type Uncertainty

T-type thermocouple ± 0.1 K

coriolis mass flow meter ± 1.85 %

Power meter ± 1.6 W
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The uncertainty on the derived cp-values is calculated accord-
ing to the method described by Moffat [11], where U represents
the total absolute uncertainty on the associated parameter:

Ucp =

√
UQ̇

2(
1

ṁ∆T
)2 +Uṁ

2(
Q̇

ṁ2∆T
)2 +2UT

2(
Q̇

ṁ∆T 2 )
2 (2)

For example, for R245fa in the liquid region (at a temperature
of 330 K and a pressure of 15 bar), this would result in a relative
uncertainty on the cp of 4.1% (cp equal to 1,396 J/kg·K calcu-
lated using CoolProp v6.3.0 [1]) for measurements performed at
0.01 kg/s and ∆T of 5 K. For a measurement in the supercriti-
cal region (at a temperature of 433 K and a pressure of 40 bar
(1.1*pc)) at 0.01 kg/s and 200 W, the relative uncertainty would
be equal to 7.9% (for cp of 10,842 J/kg·K). These uncertainty
values are higher than what has generally been reported in lit-
erature, however, they are very dependent on the measurement
settings and measurement region. If the measurement in the liq-
uid region would be performed at the maximum possible heat-
ing power of 200 W and a temperature difference of 5 K, the
relative error would reduce to 3.5%. For the supercritical mea-
surement, the relative error can be reduced to 3.5% as well (at
200 W and ∆T of 5 K). This illustrates that care should be taken
when performing measurements and selecting the measurement
conditions in order to generate the most reliable data.

CALIBRATION AND VALIDATION OF TEST RIG
Calibration and validation of the test rig is done by performing

measurements on R245fa under subcritical pressure. R245fa is
chosen, as it is a well-known refrigerant, often used in practical
applications and has a similar critical temperature (Tc = 427 K)
and pressure (pc = 36.5 bar) compared to the other refrigerants
under consideration in this work. Therefore, agreement between
the measurements and the data available in literature will indicate
the validity of the measurements performed on the current flow
calorimeter setup.

First, the overall performance of the test rig is evaluated. In
order to evaluate the overall performance, the energy balance
over the entire test rig is calculated, for measurements performed
when the microheater is disabled (i.e. Ṗmh = 0 W). The heat
added to the refrigerant by the heating wires (Q̇ph) should be
equal to heat extracted from the refrigerant in the cooler (Q̇cool)
(if losses to the environment are completely neglected). The
pumping power required to circulate the refrigerant is negligi-
ble, as no significant pressure increase is realized. The relative
error on the energy balance is thus calculated according to:

e =
Q̇ph − Q̇cool

Q̇ph
(3)

In the above equation, Q̇ph and Q̇cool are calculated based on
the mass flow rate, pressure and thermocouple measurements be-

fore and after the preheater and cooler, respectively. For 8 rep-
resentative measurements, the relative error on the energy bal-
ance reached a maximum of 11.4%, which thus indicate the heat
losses between the preheaters and the cooler. It should be noted
that the majority of these losses occur between the cooler and
preheat section on the accumulator side. The accumulator is a
(not yet insulated) large volume of refrigerant, that takes a cer-
tain amount of time to heat up.

Next, the heat losses over the calorimeter itself are measured
for a range of temperatures, and determined according to Eq.
4. For these measurements, the microheater is disabled as well.
This way, the temperature drop ∆T over the test section is in-
dicative for the losses in the test section. Cp is determined via
CoolProp v6.3.0 [1] at the mean temperature and pressure of the
test section.

Q̇loss = ṁcp,CoolProp∆T (4)

These tests were performed under two conditions: without and
with the vacuum pump powered on. The losses, under these two
conditions, in function of the temperature are plotted in Figure 3.
From the figure, it can be concluded that losses are significantly
reduced when the vacuum pump is enabled. The dependency
of the losses with temperature is however contradictory to what
would be expected based on theoretical calculations (i.e. mono-
tonic increase in losses with temperature). These differences
could be explained by inaccurately performed measurements or
deviations in heat losses from the theoretical model (e.g. axial
conduction in stainless steel test tube). It is important to know
these heat losses with great accuracy, as they are used in the data
reduction as explained in the following. Therefore, these losses
should be measured several times for the same measurement con-
ditions to avoid unreliable loss estimation.

Figure 3. Heat losses in test section in function of average test
section temperature.

In order to validate the experimental test rig, the cp data col-
lected from the test rig are compared to data generated using
CoolProp v6.3.0 [1]. The mean pressure and temperature of the
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measurements are used as input parameters to calculate the iso-
baric specific heat capacity of R245fa. The cp-values calculated
using Eq. 1, where Q̇ is equal to the electrical power supplied by
the microheater Ṗmh, are presented in Figure 4, together with the
experimental error. These measurements were performed with-
out vacuum for the average test section temperature ranging be-
tween 329.8 K and 386.7 K and the pressure ranging between 9.2
and 22.8 bar.

Figure 4. Uncorrected isobaric specific heat capacity in func-
tion of average test section temperature.

Two striking observations can be made. First of all, the er-
rors on the measurements are relatively large, and increase for
increasing temperature. The reason for this has already been
explained previously. Throughout the experiments, the power
of the microheater and mass flow rate were kept quite constant.
However, at higher temperature this means the temperature in-
crease over the calorimeter dropped to values around 0.9 K, re-
sulting in large overall uncertainties of up to 16%. The second
observation is that the cp-values increase for increasing tempera-
ture, while it would be expected they stay rather constant as mea-
surements are performed in the subcritical liquid region. This
is, however, due to the fact that the losses which occur in the
calorimeter are not yet taken into account. The practical imple-
mentation of Eq. 1 translates to:

cp,corr =
Ṗmh − Q̇loss

ṁ∆T
(5)

Here, the power delivered by the microheater is compensated
with the losses over the calorimeter, determined by the function
depicted in Figure 3. The results from Eq. 5, together with the
uncorrected values and the values determined via CoolProp are
illustrated in Figure 5. It can be seen that when the heat losses are
taken into account, the measured cp-values are much closer to the
CoolProp values. However, at lower and higher temperature, the
deviations are quite large, with a maximum of 39%. This illus-
trates that calibration of the test rig is still not complete and must
be fine-tuned before measurements of new refrigerants under su-
percritical conditions can be performed. The results described in

the current work are based on a limited set of measurements. In
order to further calibrate the test rig, the measurements discussed
here should be repeated in order to ensure they are reliable and
repeatable. In addition, more care should be applied when se-
lecting the measurement conditions. This way, the uncertainty
on the measurements can be significantly reduced. When the
measurement campaign under subcritical conditions is finished,
the calibration measurements should be extended to supercritical
conditions as well.

Figure 5. Isobaric specific heat capacity in function of average
test section temperature.

CONCLUSION
In this work, the control strategy, calibration and validation

of a newly built flow calorimeter are discussed. The calorime-
ter will be used to measure the isobaric specific heat capacities
of several newer refrigerants in the supercritical region. This
data is vital in creating reliable Equations of State (especially in
the supercritical region where data is lacking and properties vary
steeply). This way, accurate calculations can be made in order to
design low-temperature heat recovery systems employing the su-
percritical region, which will become increasingly important in
the future. In this work, the experimental test rig is described, as
well as the strategy required during start-up and to reach steady-
state behavior. In addition, some initial experimental results are
included. These experiments are performed on R245fa, a well-
known and commonly used refrigerant, under subcritical pres-
sures, in order to calibrate and validate the test rig. First, the
overall performance of the test rig is evaluated by calculating the
overall heat losses. These amount to maximum 11.4%, mainly
caused by the presence of the accumulator. The heat losses over
the calorimeter itself were also determined, both under vacuum
and non-vacuum conditions, with a significant reduction in heat
losses when the vacuum pump is enabled. The determination of
these losses is vital in calculating the isobaric specific heat ca-
pacities. Cp-values of R245fa were measured for temperatures
ranging from 329.8 K to 386.7 K and pressures from 9.2 and
22.8 bar and compared to values generated by CoolProp. While
the results are overall promising, further calibration of the test rig
is required. This includes repeating the measurements described
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in this work in order to ensure reliability and repeatability of the
test rig, performing measurements for a larger temperature rise
over the test section to reduce measurement uncertainties and
repeating the calibration measurement campaign at supercritical
conditions.
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ABSTRACT 

The increased penetration of renewable energy sources on 
the South African national power grid requires greater 
operational flexibility of existing coal-fired power plants 
(CFPPs). Therefore, a need exists for an integrated boiler model 
that captures the necessary detail to study flexible operation, 
such as continuous low load operation.  

This paper presents an integrated thermofluid model of a 
utility-scale once-through boiler that is based on a one-
dimensional quasi-steady-state thermofluid network approach, 
using the Flownex® simulation environment. To address the 
challenge of modelling the fouling/slagging effects, a calibration 
methodology is developed that uses real plant data in an iterative 
process to determine suitable fouling/slagging thermal resistance 
values. 

The proposed model calibration methodology was applied 
at full-load operation and the results show good accuracy 
compared to real-plant data. The calibrated model was then 
validated by applying it to two part-load operational states in dry 
mode operation, as well as a wet mode (low-load) operational 
state. The cumulative heat transfer results for all the load cases 
correspond closely to the measured data. 

The results suggest that the model can capture the heat 
distribution in the boiler with sufficient accuracy to allow 
suitable ash deposition resistances to be obtained from the 
calibration process. Furthermore, the metal temperatures 
predicted by the model are also shown to be sufficiently accurate, 
which means that it can be used to identify the heat exchanger 
tube passes or membrane water walls that may be at risk during 
operation. 

NOMENCLATURE 

𝐴 [m2] Surface area 
ℎ [W/m2K] Heat transfer coefficient 
𝑚 [kg/s] Mass flow rate 
𝑝 [MPa] Stagnation pressure 
𝑄 [W] Heat transfer
𝑅 [m2K/W] Thermal resistance of fouling 
𝑇 [℃] Temperature 

Subscripts 
abs Absorbed
back rad Back panel radiation 
direct rad 
bypass 

Direct radiation from furnace bypass each heat 
exchanger 

combined Combined gas-particle radiation and convection 

H2O Water (H2Oliq) or steam (H2Ogas), or two-phase 
mixture 

in Flow into control volume 
int Internal: Inner tube
ext External: Outer tube
exit Flow exit control volume 
next/ to next To the next products control volume or tube surface 
wall Tube wall
Abbreviation 
CFPP Coal-fired power plants 
CI Confidence interval
CV Control volume
Eco Economiser
Evap Evaporator 
HE Gas-to-steam tube bank heat exchanger 
MCR Maximum continuous rating 
RH Reheater 
SH Superheater
WW Water wall

INTRODUCTION 

Since 2011, renewable energy sources have been introduced 
to the South African grid to mitigate greenhouse gas emissions 
[1]. However, renewable energy sources such as wind and solar 
are inherently intermittent. Thus, there is a need for existing coal-
fired power plants (CFPPs) to improve their operational 
flexibility. The three main features that characterise operational 
flexibility are operational bandwidth, ramp rate and start-up 
time. A flexible power plant should operate with large 
bandwidth, a fast ramp rate and a short start-up time [2].  

In South Africa, the design and operating philosophies of 
existing CFPPs are biased towards baseload operation, which 
limits the allowable operating bandwidth. Operating these 
CFPPs under loads outside the designed range for extended 
periods substantially decreases their lifetime [2]. The primary 
concern is that thick-walled components are highly susceptible 
to thermal stresses, which is exacerbated during flexible 
operations.  

Studies have shown that superheater tubes tend to overheat 
during low load operation [3]. Furthermore, superheater tube 
failures can contribute up to 40% of emergency 
shutdowns [3],[4]. This vulnerability highlights the need to study 
boiler operation under low load conditions. This especially 
applies to once-through boilers, since the majority of boilers in 
South-Africa use once-through type boilers [5]. 

Experimental investigations on operating plants are 
impractical due to the risks, costs and complexity involved. 
Scaled experimental studies [6] mainly aim to study specific 
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aspects of boiler components, which does not provide insight 
into the integrated boiler performance on a system level.  

A practical approach to study the heat transfer phenomena 
in the entire boiler system is to utilise one-dimensional 
thermofluid network models. This type of model has been used 
widely to study the steady-state and dynamic behaviour of coal-
fired boilers on a system level since it provides a suitable balance 
between computational cost, accuracy and simplicity [7]. 

A critical aspect to consider when modelling the heat 
transfer in coal-fired boilers is the slagging or fouling on the 
heating surfaces. These effects introduce additional thermal 
resistances, which have a significant impact on the heat transfer 
in the boiler. 

For coal-fired boiler models, empirical correlations for these 
thermal resistances are available in literature [8], [9]. However, 
these correlations are too generic and not applicable to the high 
ash coal used in South African coal-fired boilers. 

For that reason, this paper presents a calibration 
methodology to determine suitable fouling/slagging thermal 
resistance values for a one-dimensional quasi-steady-state 
thermofluid network model of a utility-scale once-through 
boiler.  

THERMOFLUID NETWORK MODEL 

A schematic of the physical layout of the case study boiler 
is shown in Figure 1.   

Figure 1 Schematic of case study boiler layout. 

Note that the evaporator heat exchanger consists of a helical 
membrane water wall that surrounds the furnace, a vertical 
membrane water wall that encloses the radiative and convective 
heat exchangers, and sling tubes that form a screen at the outlet 

of the furnace and in front of the radiative and convective heat 
exchangers. 

The integrated boiler model is custom built on the 
commercial software platform Flownex® Simulation 
Environment, and each component in the network is modelled as 
a one-dimensional control volume (CV). It solves the 
conservation equations of mass, energy, and momentum together 
with built in fluid property relations and component 
characteristics representative of all the different types of 
components. The thermofluid network is shown in Figure 2. 

Figure 2 Thermofluid network. 

All the gas streams (air and combustion products) are 
modelled as gas mixtures with enthalpy referenced from the 
standard reference state (25℃, 1 𝑎𝑡𝑚). The combustion products 
consist of the flue gas mixture and the solid particles (ash and 
unburnt carbon). 

Furnace and combustion 

As shown in Figure 2, the combustion and heat transfer in 
the furnace are represented by two separate processes, namely 
the adiabatic flame temperature (AFT) model and the furnace 
model. The AFT model performs the combustion analysis [10] 
by assuming complete, infinitely fast combustion with a 
specified higher heating value, unburned carbon percentage and 
excess air ratio. These values can be obtained from plant data or 
from the original design specifications. 

The heat transfer inside the furnace is mainly via radiation 
[11], which is modelled using the projected area approach 
(Gurvich/Blokh model [12]). Due to the high ash content in the 
coal the high ash loading model [13] is employed in the particle 
radiation analysis. 

The furnace of the case study boiler consist of helical 
membrane water walls, which are modelled using the detailed 
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thermal resistance network model developed by Rousseau and 
Laubscher [14]. The membrane wall model accounts for the 
radiative, conductive, and convective heat transfer in different 
regions of the wall geometry and predicts the temperature 
distribution in the tube wall and the membrane situated 
in-between the tubes. 

The heat transfer of the steam/water inside the wall tubes is 
purely convective and, therefore, can be modelled using the 
Dittus-Boelter or Gnielinski correlations [15] for single phase 
flow. The heat transfer correlation of Sato and Matsumara is 
applied in the flow boiling heat transfer regime [16]. 

Gas-to-steam tube bank heat exchangers 

The superheater (SH), reheater (RH) and Economiser (Eco) 
in the boiler are all gas-to-steam tube bank heat exchangers. The 
applicable heat transfer phenomena in such a heat exchanger are 
illustrated in Figure 3.  

Figure 3 Tube bank heat exchanger control volume diagram. 

The products control volume (CV) receives back panel 
radiation from the products in the upstream CV 
(𝑄  ,  ), as well as the direct radiation emitted 
from the furnace that is not absorbed in the upstream 
CV (𝑄   ). This in turn is only partially absorbed as 
determined using the approach presented by Kakaç [17]. The 
products CV in turn transfers heat to the various CVs 
surrounding it (𝑄  , 𝑄  , 𝑄  ,   ).  

 The heat transfer from the products CV to the water CV 
(𝑄 , ) consists of two modes, namely gas-particle 
radiation and convection. The gas-particle radiation is based on 
a grey gas assumption, and is modelled using an equivalent gas-
particle radiation heat transfer coefficient presented by 
Prabir et al. [18]. The external convection heat transfer 
coefficient is modelled using the tube bank heat transfer 
correlations presented by Gnielinski [19]. The internal heat 
transfer on the water/steam side is modelled using  the Dittus-
Boelter or Gnielinski correlations [15]. 

The sling tube screen provides additional heating to the 
water/steam mixture in the evaporator, and it is modelled as a 
heat exchanger consisting of a single row of tubes. 

The heat transfer to the vertical water wall (WW) 
surrounding the heat exchanger banks and the vertical sling tubes 
are modelled using flat plate theory [15] together with the 
equivalent gas-particle radiation heat transfer coefficient. The 
economizer heat exchanger in the case study boiler has finned 

tubes, and therefore, the extended heat transfer surfaces are taken 
into account [21]. 

The overall boiler model also considers the pressure drops 
due to friction and flow separation in the wake region behind the 
individual tubes, which can be calculated using the correlation 
presented by Gaddis [20]. 

All the heat exchangers in the boiler are discretised on a 
pass-by-pass basis, in which each pass can be represented by an 
equivalent thermal network that is shown schematically in 
Figure 4. The ℎ terms in the figure refer to the relevant heat 
transfer coefficients and the 𝑅 terms refer to the thermal 
resistance of fouling or slagging. 

Figure 4 Thermal network of a single heat exchanger pass. 

Air heaters 

The case study boiler is configured with two types of air 
heaters, namely tubular and rotary. As the names suggest, the 
tubular air heater has a tube bank arrangement, in which the 
modelling method and heat transfer correlations [15], [18], [19] 
are similar to the other heat exchangers. However, the difference 
is that the products (hot stream) now flow inside the tubes, and 
the air (cold stream) flows over the tubes.  

Due to the periodic nature of its operation, rotary air heater 
models are inherently time-dependent [22]. However, the 
time-independent method presented by Kakaç [17] is employed 
here, which assumes that the thermal inertia of the energy storage 
solid is negligible. This considerably simplifies the model by 
reducing the number of equations that need to be solved. 

SLAGGING AND FOULING CALIBRATION 

Figure 5 Heat transfer results at full-load operation compared 
to the original design specifications. 

 
The integrated boiler model was first verified using the original 
design specifications for full-load operation, combined with 
typical fouling and slagging resistances as suggested in literature 
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[8], [9]. The results are summarised in Figure 5 and Table 1. The 
results indicate that the heat transfer rates are generally 
overestimated (except for SH1), which implies that the effects of 
fouling and slagging are generally underestimated. 

Table 1 Verification errors at full-load operation compared to 
the design specifications. 

 𝑄 𝑝  𝑇  𝑇  
Max relative error 34.02% 0.94% 8.65% 7.92% 

Average relative error 15.88% 0.31% 2.64% 3.27% 
 
The high relative errors obtained during the verification 

exercise suggests that when applying the integrated model to 
analyse the real-plant performance, it will first require proper 
calibration of the fouling and slagging thicknesses, to correctly 
account for the on-site ash deposition effects. 

The calibration was done via a successive approximation 
iterative process, as shown in Figure 6. It is based on matching 
the heat transfer rate calculated for each heat exchanger using the 
model, with the corresponding value of heat transfer rate 
measured on the real plant. The term 𝑖 denotes the respective heat 
exchangers (HE) in the boiler. In this case the calibration starts 
at the platen superheater (SH2) directly downstream of the 
furnace and moves up towards the Eco at the boiler exit. 

After the first round of adjustments, the inlet steam 
temperatures of each downstream heat exchanger will change 
due to the change in the heat transfer of the relevant upstream 
heat exchanger. This change in inlet temperature will in turn 
influence the heat transfer in the current heat exchanger. 
Therefore, the ash deposition thickness needs to be re-calibrated 
to match the heat load in the current heat exchanger. An iterative 
process is therefore required. 

Figure 6 Calibration logic flow. 

The term 𝐶𝐼 refers to the confidence interval since multiple 
measurements are used to validate each parameter. In this case, 
the calibration will be deemed adequate once all the calculated 
heat transfer rates are within the 95% confidence interval (1.96 
𝜎 ) of the measured data.  

The ash deposition resistances of the duct wall and sling 
tubes surrounding each heat exchanger are also modelled. These 
are assumed to be equal to those obtained for each of the 
corresponding heat exchanger tube bundles. 

The final calibrated values for the respective heat 
exchangers are shown in Table 2 together with the typical values 
suggested in the literature. The calibrated values are generally 
higher than the typical values (except for SH1). This correlates 
with the outcome obtained in the earlier verification exercise for 
which the results were provided in Figure 5. 

Table 2 Fouling/slagging resistance [m2K/W] of the calibrated 
model. 

 SH1  SH2  SH3  RH1  RH2  Eco  
Model 0.0008  0.0113  0.0070  0.0086  0.0067  0.0195  

Literature 0.0043  0.0091  0.0043  0.0043  0.0043  0.0089  
 
Note that the resultant ash deposition resistance of RH1 is 

significantly higher than SH1. This is a surprising finding since 
RH1 is downstream of SH1 in the flue gas flow path. Upon 
enquiry, on-site personnel suggested that this high ash deposition 
at RH1 correlates with the fact that the soot blowers for RH1 are 
not always available, leading to the HE having fouled surfaces. 
Additionally, soot blowing may be biased to allow some fouling 
or slagging to build up to help control the steam temperatures 
while reducing the spray water requirements. 

On-site personnel also indicated that RH1 has fewer soot 
blowers than originally designed, since one row was omitted 
during the construction phase. It is therefore known that the soot 
blowers at RH1 do not remove all the accumulated ash from the 
preceding low load operations. Practical experience has shown 
that if the accumulated ash gets disturbed, a large amount of ash 
will fall out of the heat exchanger, sometimes causing an 
unwanted chain reaction that could lead to flameout and large 
pressure disturbances in the gas flow. These on-site experiences 
appear to confirm the validity of the model in capturing the 
realistic ash build-up phenomena in RH1. 

The results obtained for the full-load operating condition 
are shown in Figure 7 and Table 3. 

Table 3 Error results of real plant full-load operation. 

 𝑄 𝑝  𝑇  
Max relative error 5.19% 1.15% 2.07% 
Average relative error 2.02% 0.26% 0.50% 
 
The relative errors shown in Table 3 are the errors compared 

to the plant data. The maximum error refers to the highest single 
error value, and the average error is the mean value of all the 
errors. 
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Figure 7 Heat transfer results of real plant at full-load 
operation. 

PART-LOAD VALIDATION 

Once the model was calibrated, it was further assessed by 
performing part-load operation simulations. The results obtained 
for two dry-mode part-load operating conditions (81% MCR and 
63% MCR) are presented in Table 4 and Table 5.  

Table 4 Error results of real plant 81% MCR simulation. 

 𝑄 𝑝  𝑇  
Max relative error 4.92% 1.94% 4.34% 

Average relative error 2.02% 0.94% 0.67% 
 

Table 5 Error results of real plant 63% MCR simulation. 

 𝑄 𝑝  𝑇  
Max relative error 9.66% 4.26% 2.05% 

Average relative error 3.64% 1.30% 0.69% 
 
The simulated results compare well with the measured data, 

and the fact that no additional calibration was required from the 
100% MCR case to the part-load cases provides good confidence 
in the model results. 

Results obtained for the wet-mode part-load operation 
(35% MCR) are presented in Figure 8 and Table 6. 

Figure 8 Heat transfer results of real plant 35% MCR 
simulation. 

Table 6 Error results of real plant 35% MCR simulation. 

 𝑄 𝑝  𝑇  
Max relative error 18.06% 6.49% 6.20% 

Average relative error 10.38% 2.09% 1.48% 
 
The wet-mode results show a high maximum error in the 

calculated temperatures, which occurs at the inlet of SH2. 
However, the temperature measurement at the exit of SH1 is 
almost identical to the inlet of SH2. This is not physically 
realistic since the plant data suggests that the steam leaving SH1 
is first attemperated before entering SH2. Moreover, the average 
error in the temperature measurement is low, which suggest that 
the rest of the steam temperature results show good accuracy. 
This result suggests that the SH1 exit and SH2 inlet temperature 
measurements may not accurately reflect the actual steam 
temperatures during wet-mode operation.  

If the measured steam temperatures at the exit of SH1 and 
the inlet of SH2 are indeed correct, the heat transfer results imply 
that the ash deposition of the heat exchangers upstream of SH1 
is significantly higher during wet mode operation. However, the 
plant data suggests that the time lapse between the different 
operating conditions presented above were relatively short. 
Therefore, drastic changes in ash deposition do not seem 
feasible. Some doubt, therefore, remains about the accuracy of 
the measured temperatures in the wet-mode operation case. 

The heat transfer can also be influenced by “dead spots” 
occurring in the heat exchangers. These are caused by the low 
up-flow velocities and non-uniform gas flow profiles during 
low-load operating conditions, resulting from the staggered 
burner firing arrangement.  

Nonetheless, the results demonstrate the ability of the 
full-load calibrated model to analyse part-load operation without 
requiring any additional calibration, including wet-mode low 
load operation, as well as the ability to study ash deposition 
phenomena. 

METAL TEMPERATURE RESULTS  

The integrated model also provides results for the average 
tube wall metal temperature in each heat exchanger pass, and 
these results are validated using the plant data. However, the 
available metal temperature measurements used for the 
validation are taken only at the heat exchanger exits, and the 
exact physical positions of the measuring devices are not 
specified in the plant data. 

Nonetheless, the model’s final pass metal temperature 
results are compared to the metal temperature measurements 
mentioned above.  It was found that all the heat exchangers 
operate within a safe temperature range for all the case studies 
and the calculated temperatures are sufficiently accurate, as 
shown in Table 7. These results suggest that the model can 
identify the heat exchanger tube passes or membrane water walls 
that may be at risk during operation. 

Table 7 Metal temperature error results.  

 Full-load 81% 63% 35% 
Max relative error 3.85% 4.01% 3.25% 5.58% 

Average relative error 3.25% 2.64% 2.19% 3.48% 
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CONCLUSION  

The model results for the as-designed cases show that the 
ash deposition resistances suggested in the literature are not 
applicable for the case study boiler. The proposed model 
calibration methodology was therefore applied at full-load 
operation (100%), and the results show good accuracy compared 
to real-plant data. The average error of the predicted heat 
exchanger heat loads is 2.0% and the maximum error is 5.2%.  

The calibrated model was then validated by applying it to 
two part-load operational states in dry mode operation, as well 
as a wet mode (low-load) operational state. For the 81% load 
case the average error in the heat exchanger duty is 2.0% and the 
maximum 4.9%, while for the 63% load case the average error is 
3.6% and the maximum 9.7%. For the 35% low-load wet mode 
case the average error is 10.4% and the maximum 18.1%. The 
cumulative heat transfer results for all the load cases correspond 
closely to the measured data, with the maximum error being 
0.83% for the low-load case. 

These results suggest that the calibrated model can capture 
the heat distribution in the boiler with sufficient accuracy to 
allow suitable ash deposition resistances to be obtained from the 
calibration process. Furthermore, the metal temperatures 
predicted by the model are shown to be sufficiently accurate, 
which means that it can be used to identify the heat exchanger 
tube passes or membrane water walls that may be at risk during 
operation. 
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ABSTRACT 
Effective thermal management techniques are critical to the 

performance of the battery cell (lithium-ion), particularly in the 

safe and reliable operation of Electric Vehicles (EVs). The 

practice also addresses many technological challenges of 

Electrical Energy Storages (EES) including sustainability, 

reliability, cost-effectiveness, size, and safety, which are related 

to thermal efficiency. Effective thermal management techniques 

maintain safe operating temperatures during cyclic loads which 

consequently prevent battery failure and the associated hazards 

due to overheating. In this regard, a cell-scale study is 

investigated numerically using computational fluid dynamics 

(CFD) which is also validated with experimental data. Therefore, 

the thermal and electrical performance of the chosen Li-ion 

cylindrical battery cell in charging and discharging cycles are 

tested in the presence and absence of a Phase Change Material 

(PCM) under five initial temperature conditions (stimulating 

extreme cold weather -20°C, cold winter weather 0°C, regular 

ambient weather 25°C, hot summer weather 40°C, and extreme 

hot weather 55°C) with safety considerations as recommended 

by the manufacturer. The results show that conjugation of the 

PCM with the battery cell leads to stable operating temperatures 

with significant electrical performance of the battery cell, 

however still further investigation is required to obtain an 

insightful and practical guideline PCM-based passive cooling for 

thermal management of EES in EVs.  

INTRODUCTION 
Growing energy challenges as a direct result of the consistent 

development of society to increase the role of advanced 

technological processes and products that enhance our daily 

lives, have influenced our immediate natural environment both 

domestically and globally. The sharp upsurge in energy levels 

post-industrial expansion notably correspond to more heat 

generation and an increase in global temperature levels from 

fossil fuel exploitation including greenhouse gas emissions and 

carbon emissions. A revolution towards renewable energy 

sources particularly in the application of zero emission vehicles 

and green transport as outlined by governmental initiatives to 

reduce carbon emissions, and the implementation of stricter 

regulations, have shifted attention towards Hybrid Electric 

Vehicles (HEV) and EVs. 

NOMENCLATURE 
𝐴𝑚𝑢𝑠ℎ (𝑘𝑔 𝑚3𝑠⁄ ) Mushy zone constant 

𝐶𝑝 (𝐽 𝑘𝑔𝐾⁄ ) Specific heat 

𝐷𝑖 mm Inner diameter 

𝐷𝑜 mm Outer diameter 

𝑓 [-] Friction factor 

𝐹𝑜 [-] Fourier number 

g (𝑚 𝑠2⁄ ) Gravity acceleration 

h (𝐽 𝑘𝑔⁄ ) Sensible enthalpy 

ℎ𝑟𝑒𝑓 (𝐽 𝑘𝑔⁄ ) Reference enthalpy 

H (𝐽 𝑘𝑔⁄ ) Total enthalpy 

k (𝑊 𝑚𝐾⁄ ) Thermal conductivity 

L (𝐽 𝑘𝑔⁄ ) Latent heat 

𝑃 𝑃𝑎 Pressure 

𝑆 [-] Source term 

t (s) Time 
T K Temperature 

𝑇𝑙𝑖𝑞𝑢𝑖𝑑𝑜𝑢𝑠 K Liquid temperature 

𝑇0 K Operation temperature 

𝑇𝑠 K Inner surface temperature 

𝑇𝑠𝑜𝑙𝑖𝑑𝑢𝑠 K Solid temperature 

𝑇𝑟𝑒𝑓 K Reference temperature 

𝑣 m/s Fluid velocity 

Special characters 

𝛼 Thermal diffusivity 

𝛽 (1 𝐾⁄ ) Expansion coefficient 

𝜇 (𝑃𝑎 𝑠) Dynamic viscosity 

𝜀 [-] Small number 

𝜌 (𝑘𝑔 𝑚3⁄ ) Density 

𝜌0 (𝑘𝑔 𝑚3⁄ ) Constant density 

∇ [-] Non dimensional term 

𝜎 S/m Electrical conductivity of the passive 

material 

�̇�𝐸𝐶ℎ Electrochemical reaction heat due to 

electrochemical reactions 

�̇�𝑠ℎ𝑜𝑟𝑡 Heat generation rate due to battery internal 
short-circuit 

�̇�𝑎𝑏𝑢𝑠𝑒 Heat generation due to the thermal runaway 

reactions under the thermal abuse condition 

However, these technologies (EVs and HEVs) face several 

challenges relating to EES, safety, its effectiveness in consumer 

perspective due to fast charging demands, reliability during load 

fluctuations for flat and inclination angles inclusive of high-

speed performance, as well as longevity in greater mileage 

circumstances [1].   

Various battery technologies have been identified as useful to 

support these concepts where the lithium-ion (Li-ion) [2] battery 
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outperformed its competitors for its high energy density, high 

voltage, lengthy life cycles, low rate for self-discharge and 

improved stability for lighter models compared to other 

conventional battery types. Particularly, energy density, cyclic 

loads, such as discharging and charging, as well as battery power 

for voltage and current limits, have been cautiously examined, as 

irregularities from standard operating ratings can negatively 

affect the performance of the EES. However, the operating 

temperature of such battery cells has a major influence on the 

performance, life expectancy and safety [3-4]. At lower or higher 

temperatures beyond the optimal operating temperature range, 

the battery electrical performance is significantly affected, thus 

impacting the capacity fade effect, loss of charging capability, 

efficiency, power, and battery life as well as the likely event of 

thermal runaway leading to an explosion [1-4].   

The coupling of EES devices with Thermal Energy Storage 

(TES) is largely selected in part due to their high energy 

capacities for electrical and thermal storage, including dissipated 

temperatures for quick response time and cyclic period of 

discharge. The safe operating temperatures for Li-ion battery 

cells are within the range of 20-40°C dependent on type, 

therefore, to prevent undercooling and overheating of the battery 

cells, that can severely impact the efficiency and performance 

due to dissimilar temperatures on the surface, effective cooling 

methods can be considered.  These methods are often cited as 

Battery Thermal Management systems (BTMS) and can include 

a variety of techniques including air and liquid cooling to 

stabilize the battery temperature within the safe operating range. 

However, installation of these added devices can significantly 

increase the complexity of the system and overall weight. To 

alleviate these drawbacks, TES applications such as PCMs, can 

be introduced to maintain steady temperatures [5-7]. The heat 

energy produced by the EES device can be absorbed by the PCM 

by way of Latent Heat Storage (LHS), where the PCM can store 

the energy due to its change of phase while maintaining a 

relatively constant temperature. PCMs have been used in many 

various applications such as in heat recovery, passive cooling, 

air conditioning, heat pumps, free cooling, and solar engineering 

[8,9]. When used in conjunction with EES technology such as in 

HEVs and EVs, they can regulate the temperature of the battery 

cell within a safe operating range [10].  

An essential parameter that measures the battery performance 

including consolidating the balance of power and its capacity 

fading, is its state of charge (SOC). The SOC represents the 

battery available capacity as a ratio of its total capacity and can 

provide an estimation of time for a full discharge bounded 

between 0% (fully discharged) to 100% (fully charged) [11-12]. 

Although this parameter provides an estimation from fully 

charged to discharged state given the battery history, dynamic 

battery parameters such as the state of health (SoH) and 

remaining useful life (RUL) can be used simultaneously to 

accurately estimate the battery life. However, these parameters 

are more applicable in experimental scenarios to efficiently 

compare the dynamic response of the cell from manufactured 

state or known previous history [12].  

This study investigates the feasibility for LHS technology 

such as the use of PCMs in conjunction with EES storage 

technology in Panasonic 18650PF Li-ion battery cell used in EVs 

and HEVs. Two battery cells (with and without PCM) are tested 

in charging and discharging five initial temperature conditions 

(stimulating extreme cold weather -20°C, cold winter weather 

0°C, regular ambient weather 25°C, hot summer weather 40°C, 

and extreme hot weather 55°C) with safety consideration to 

avoid explosion and fire hazard (charging and discharging cells 

within temperature range of 0°C-45°C and -20°C-60°C 

respectively). This numerical study seeks to understand the 

effects of PCM on thermal and electrical performance of cell 

(SOC, battery cell temperature and power) within safe operating 

temperatures in different climates. The structure of the study 

comprises a numerical method including models and 

mathematical approach, assumptions, and boundary conditions, 

computational model settings, numerical results validation, 

results and discussion and conclusion.  

 

 

NUMERICAL METHOD  
  

 Mathematical Model Approach 
The physical domain consists of a Panasonic 18650PF Li-ion 

battery cell which in one case is thermally insulated to have no 

thermal impact from environment and in the second case the 

circumferential surface of battery cell was jacketed with a 3mm 

layer of PCM and then its outer surface was ideally adiabatic (to 

ensure the battery is only affected by thermal impact from the 

introduced PCM). The schematic of the domain and geometrical 

dimensions are displayed in Figure 1. 

ANSYS Fluent 2021R1 simulated the numerical results for 

the battery cell as well as combined battery cell with PCM.  

For the PCM modelling, the melting and solidification process is 

simulated using the enthalpy-porosity technique where the 

melting front is not tracked but liquid fraction computations are 

assigned to each cell bounded between values of 0 and 1. The 

mushy zone region measures the porosity for 0 at solidification 

where the velocity decreases to 0, and 1 at melted. 
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Figure 1 Schematic of battery cell with and without PCM 

 
Therefore, for the PCM zone, the enthalpy is numerically 

computed as:  

𝐻 = ℎ𝑟𝑒𝑓 + ∫ 𝐶𝑝
𝑇

𝑇𝑟𝑒𝑓
𝑑𝑇 +  𝑓𝐿                        (1) 

3mm 
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𝑓 = {

0
1

𝑇− 𝑇𝑠𝑜𝑙𝑖𝑑𝑢𝑠

𝑇𝑙𝑖𝑞𝑢𝑖𝑑𝑜𝑢𝑠− 𝑇𝑠𝑜𝑙𝑖𝑑𝑢𝑠

  ; {

                   𝑇 <  𝑇𝑠𝑜𝑙𝑖𝑑𝑢𝑠

                       𝑇 >  𝑇𝑙𝑖𝑞𝑢𝑖𝑑𝑜𝑢𝑠

𝑇𝑠𝑜𝑙𝑖𝑑𝑢𝑠   < 𝑇 <   𝑇𝑙𝑖𝑞𝑢𝑖𝑑𝑜𝑢𝑠

      (2) 

The energy equation yields: 
𝜕𝜌ℎ

𝜕𝑡
+  ∇. (𝜌�⃗�ℎ) =  ∇. (𝑘∇𝑇) − 

𝜕𝜌𝑓𝐿

𝜕𝑡
−  ∇. (𝜌�⃗�𝑓𝐿) +

 
(1− 𝑓)2

(𝑓3+ 𝜀)
 𝐴𝑚𝑢𝑠ℎ                                                                        (3) 

Where 𝜀 = 0.001 and 𝐴𝑚𝑢𝑠ℎ = 105  

The momentum equation is written as: 
𝜕𝜌�⃗⃗�

𝜕𝑡
+  ∇. (𝜌�⃗��⃗�) =  −∇𝑃 +  ∇. (𝜇∇�⃗�) +  𝜌𝑔          (4) 

+ 
(1 − 𝑓)2

𝑓3 +  𝜀
 �⃗�𝐴𝑚𝑢𝑠ℎ 

(𝜌 − 𝜌0)𝑔 ≈  −𝜌0𝛽(𝑇 − 𝑇0)𝑔           (5) 

𝛽(𝑇 −  𝑇0) ≪ 1             (6) 

The continuity equation is as follows: 
𝜕𝜌

𝜕𝑡
+  ∇. (𝜌�⃗�) = 0             (7) 

The non dimensionless numbers ∇ = DV, �⃗� =  
�⃗⃗�𝐷

𝛼
, 𝐻 =  

𝐻

𝐿
 and 

𝑇 =  
𝑇− 𝑇𝑠
𝐿

𝑐𝑝⁄
  

D = 2 (𝑅𝑜𝑢𝑡 −  𝑅𝑖𝑛), the energy equation for the non-

dimensionless terms is as follows: 
𝜕(𝐻)

𝜕𝐹𝑜
+  ∇. (�⃗�𝐻) =  ∇. (∇T)            (8) 

where Fourier Number, 𝐹𝑜 =  
𝛼𝑡

𝐷2 

For the battery cell zone, the Multi-Scale Multi-Domain 

(MSMD) model was applied to compute the thermal analysis of 

the battery cell where the heat generation rate is calculated as a 

coupled thermal-electrochemical system. The temperature 

distribution along the length of the cell is computed for the 

thermal analysis. In this case, the thermal and electrical fields are 

resolved based on the following differential equations:  
𝜕𝜌𝐶𝑝𝑇

𝜕𝑡
− ∇. (𝑘∇𝑇) =  𝜎+|∇∅+|2 + 𝜎−|∇∅−|2 + �̇�𝐸𝐶ℎ         (9) 

+�̇�𝑠ℎ𝑜𝑟𝑡 + �̇�𝑎𝑏𝑢𝑠𝑒  
Where �̇�𝑠ℎ𝑜𝑟𝑡  and �̇�𝑎𝑏𝑢𝑠𝑒  are equal to zero once there is no 

internal short-circuit and normal operation is initialised.  

In addition, to capture the electrical performance of the 

battery cell, the equivalent circuit model (ECM) which is 

representative of an electrical circuit, is implemented based on 

the electric aspect of the MSMD model and electro-chemical sub 

model in this study. This model employs six parameters based 

on the work of [13]. The circuit essentially uses 3 resistors and 2 

capacitors. The electric circuit equations corresponding to the 

voltage-current correlations are as follows: 

𝑉 =  𝑉𝑂𝐶𝑉(𝑆𝑂𝐶) − 𝑉1 − 𝑉2 − 𝑅𝑠(𝑆𝑂𝐶)𝐼(𝑡)          (10) 
𝑑𝑉1

𝑑𝑡
= −

1

𝑅1(𝑆𝑂𝐶)𝐶1(𝑆𝑂𝐶)
𝑉1 −

1

𝐶1(𝑆𝑂𝐶)
 𝐼(𝑡)          (11) 

𝑑𝑉2

𝑑𝑡
= −

1

𝑅2(𝑆𝑂𝐶)𝐶2(𝑆𝑂𝐶)
𝑉2 −

1

𝐶2(𝑆𝑂𝐶)
 𝐼(𝑡)          (12) 

𝑑(𝑆𝑂𝐶)

𝑑𝑡
= 𝐼(𝑡) 3600𝑄𝑟𝑒𝑓⁄             (13) 

Open circuit voltage (OCV), resistors’ resistances, and 

capacitors’ capacitances are functions of the battery SOC and 

temperature for the battery cell. The fifth order polynomial forms 

(Equations 14-19) are used with derived coefficients for the 

discharging and charging processes: 

 

𝑅𝑠 = 𝑎0 + 𝑎1(𝑠𝑜𝑐) + 𝑎2(𝑠𝑜𝑐)2+𝑎3(𝑠𝑜𝑐)3 + 𝑎4(𝑠𝑜𝑐)4      (14) 

+𝑎5(𝑠𝑜𝑐)5 

𝑅1 = 𝑏0 + 𝑏1(𝑠𝑜𝑐) + 𝑏2(𝑠𝑜𝑐)2+𝑏3(𝑠𝑜𝑐)3 + 𝑏4(𝑠𝑜𝑐)4       (15) 

+𝑏5(𝑠𝑜𝑐)5 

𝐶1 = 𝑐0 + 𝑐1(𝑠𝑜𝑐) + 𝑐2(𝑠𝑜𝑐)2+𝑐3(𝑠𝑜𝑐)3 + 𝑐4(𝑠𝑜𝑐)4         (16) 

+𝑐5(𝑠𝑜𝑐)5 

𝑅2 = 𝑑0 + 𝑑1(𝑠𝑜𝑐) + 𝑑2(𝑠𝑜𝑐)2+𝑑3(𝑠𝑜𝑐)3 + 𝑑4(𝑠𝑜𝑐)4      (17) 

+𝑑5(𝑠𝑜𝑐)5 

𝐶2 = 𝑒0 + 𝑒1(𝑠𝑜𝑐) + 𝑒2(𝑠𝑜𝑐)2+𝑒3(𝑠𝑜𝑐)3 + 𝑒4(𝑠𝑜𝑐)4         (18) 

+𝑒5(𝑠𝑜𝑐)5  

𝑉𝑂𝐶𝑉 = 𝑓0 + 𝑓1(𝑠𝑜𝑐) + 𝑓2(𝑠𝑜𝑐)2+𝑓3(𝑠𝑜𝑐)3 + 𝑓4(𝑠𝑜𝑐)4       (19) 

+𝑓5(𝑠𝑜𝑐)5  

  

Figure 2 Schematic of electric circuit corresponding to the ECM  

Assumptions 
The following assumptions are considered for modelling: 

• In the PCM case, only circumferential area of battery 

cells is jacketed with PCM (see Figure 1) 

• It is assumed that initially the battery cell is fully 

charged and the PCM is in solid state 

• All battery cell physical properties are constant 

• Heat transfer is due to conduction in the battery cell 

• In the battery cell, temperature distribution and electro-

thermal properties are based on coefficients of 

discharging and charging parameters from the fifth 

order polynomial 

• During PCM melting and solidification process, the 

Boussinesq approximation is valid for natural 

convection modelling with gravitational acceleration of 

9.81 m/s2 acting downwards in the y-direction 

• All PCM properties apart from density remain constant 

• Molten PCM flow is laminar, incompressible, and 

viscous.  

 

Boundary conditions  
The following boundary conditions are considered for set-up: 

• Outer circumferential surface of models (PCM wall and 

battery cell wall for case with and without PCM 

respectively) considered adiabatic (zero heat flux) 

• Battery cell tab walls adiabatic 

• Battery cell specification and thermophysical properties 

of PCM and insulation material are listed in Table 1 and 

2, respectively. 
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Computational Model Settings 
The numerical simulations were conducted in ANSYS Fluent 

2021R1 with a pressure-based solver. For transient analysis 

Pressure Implicit Splitting Operator (PISO) scheme used in the 

pressure-velocity coupling. PRESTO! used for pressure in 

spatial discretization with the second order upwind applied to 

momentum and energy equations. The under-relaxation factors 

for pressure, density, momentum, energy, and liquid fraction are 

set to 0.3, 1, 0.7, 1 and 1 respectively.  

 
Table 1: Battery cell specification used in the present study [14]. 

Cell parameter  Details  
Cell diameter (mm)  18  
Cell length (mm)  65  
Cell tab diameter (mm) 6.6 

Nominal cell capacity (ah)  2.9  
System voltage (v)  3.6  
Min. Stop voltage (v)  2.5  
Max. Stop voltage (v)  4.2  
Density (kg/m3) 2092  
Thermal conductivity (W/mK) 18.2  
Specific heat (J/kgK) 678  

Table 2: Thermophysical properties of PCM and insulation walls [15-

16]. 
 PCM  

N-octadecane 

Plexiglass 

insulation 

Density (kg/m3) 770 1190 

Cp (Specific Heat) (J/kgK) 2196 1470 

Thermal Conductivity (W/mK) 0.148 0.19 

Viscosity (kg/ms) 0.003  

Thermal Expansion Coefficient (1/K) 0.00091  

Pure Solving Melting Heat (J/kg) 243500  

Solidus Temperature (K) 298.15  

Liquidus Temperature (K) 302.15  

 

Numerical Results Validation 
Figure 3 and 4 display the validation of the PCM melting 

process and battery cell respectively compared with numerical 

data and the present study. The present study is less than 0.1% 

deviation from captured data from [14,17-21] which shows that 

both PCM and battery data from present study in good agreement 

with literature. 

A grid and temporal independency analysis is also performed 

to ensure that the captured data is independent of mesh and time 

step size. Figure 5 displays the comparison of the meshed 

elements for 3 varying mesh element sizes. As shown in this 

figure selected element number for both with and without PCM 

are 86877 and 84801 respectively. Figure 6 displays the time step 

size independency study for the battery cell at 25°C without 

PCM with less than 0.1% deviation from the selected fixed time 

step size at 100 seconds. A manual adaptive timestep size was 

used for the battery cell with PCM starting at 1 microsecond and 

increased as sufficient convergence is seen and to accurately 

capture the movement of the melting front.  

 

 

RESULTS AND DISCUSSIONS 
The impact of PCM on the performance of battery SOC, 

temperature, and Power during discharge process with initial cell 

temperature of 25°C is displayed in Figure 7.  

 
Figure 3 Validation of the PCM melting process compared with 

numerical data with present study 

 

 
Figure 4 Validation of experimental data for battery cell compared 

with present study 

 

 
Figure 5 Mesh independency analysis for battery cell with and without 

PCM during discharge at initial temperature of 25°C 

 

 
Figure 6 Time Step Size independency analysis for battery cell 

without PCM during discharge at initial temperature of 25°C 
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In the absence of PCM, the temperature of the battery cell 

linearly increased from the initial temperature until it reached 

48°C when it gets fully discharged, this is still within the safe 

operating temperature range (-20°C-60°C). However, in the 

presence of the PCM, the temperature remained relatively 

constant within optimal operating temperature range (20°C-

40°C). The SOC of the battery cell decreased from the fully 

charged position at 1, until it was fully discharged at 0. The 

power of the battery cell is seen to decrease from 12W to 8W for 

a single discharge process at a rate of 1C. As shown in this figure 

(see Figure 7), the addition of PCM not only kept thermal 

performance of the battery within the optimal operating 

condition but also improved the battery life cycle by 

approximately 20% (~ 600s) as electrical performance of the 

battery cell (the SOC and Power curves) prolonged. It is 

noteworthy that at this stage (fully discharged point of the battery 

cell), the liquid fraction of PCM is ~ 64%  which means there is 

still some room for PCM jacket to act as a passive thermal 

management system as there is some Latent heat capacity in the 

PCM jacket.  In conclusion it can be considered that through a 

single cell discharge process based on the considered 

assumptions and boundary conditions, the PCM can be a 

practical solution to BTMS.  

Furthermore, a complimentary study was performed to 

determine the timespan that the PCM jacket can safely operate 

as practical BTMS in continuous cycles of discharging and 

charging. In that regard, following operating temperature range 

is imposed as cut-off hazard condition in capturing results: for 

charging 0°C-45°C and for discharging -20°C-60°C. For this 

complimentary study, the results are displayed in Figure 8, the 

initial battery cell temperature is set at 25°C. As shown in this 

figure in absence of PCM, during the first discharge process, the 

temperature increased until it reached 48°C (see Figure 8) which 

is within the safe discharge temperature limit (60°C). However, 

this temperature was beyond the cut-off charging safety limit 

(45°C). The SOC and Power curves were also confined by this 

safety limit. In other word, at this stage, the battery must be 

cooled before initialising the charging process. However, in the 

presence of the PCM, the first discharging performed similarly 

as previously discussed. Therefore, after the first discharging 

process, not only the temperature has not significantly increased 

but also some Latent heat capacity remains in the PCM this can 

be used in upcoming cycle. The first discharging process is 

followed with a charging process.  

During the charging process, the temperature of the battery 

cell remained relatively constant as the PCM further melted until 

it reached 100% liquid fraction at 30°C. Once the PCM was fully 

melted, the PCM jacket started to manage the generated heat of 

the cell by means of Sensible heat. Therefore, the temperature of 

the battery cell started raising with sharper gradient almost in the 

middle of the charging process. By the end of this charging 

process, it must be noted that the temperature of the battery cell 

was still below 40°C and within safe operating range.  Even after 

a full cycle, the PCM jacket, enables the temperature of battery 

to remain within the safety range. It’s noteworthy that the SOC 

at the end of the full cycle (discharging followed with charging) 

would not reach to 100% due to cut off max voltage (4.2 volt) 

which had been set for the simulation. Anyway, as the  

 
Figure 7 Comparison of battery cell with and without PCM for SOC, 

Temperature, and Power during discharge at initial temperature of 

25°C 

 

 
Figure 8 Comparison of battery cell with and without PCM for SOC, 

Temperature and Power for cycles of discharge and charge within safe 

temperature limits at initial temperature of 25°C 

 

 
Figure 9 Comparison of all cases for battery cell discharge with and 

without PCM at (extreme cold weather -20°C, cold winter weather 

0°C, regular ambient weather 25°C, hot summer weather 40°C, and 

extreme hot weather 55°C) 

 

temperature of the system is still below 40°C it could go through 

another discharge process (2nd discharge process) in which the 

cell got fully discharged for the 2nd time, its temperature reached 

54°C i.e., beyond the cut-off safety limit for next charging 

process. Based on this study, addition of the PCM extended the 

useful cyclic life of the battery to 3.4-fold. Eventually, the impact 

of PCM on thermal performance of a battery cell at stimulating 

different weather conditions are displayed in Figure 9. The figure 
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shows the results of extreme cold weather -20°C, cold winter 

weather 0°C, regular ambient weather 25°C, hot summer 

weather 40°C, and extreme hot weather 55°C. The selected PCM 

was sufficient to maintain a steady temperature during 

discharging for the ambient weather (25°C), however, this was 

not the case for the other conditions. The plot of temperature 

versus time is seen to linearly increase even when the PCM was 

introduced around the battery cell for all other conditions. This 

is attributed to Sensible heat as Latent heat of PCM will be 

activated above its liquidous temperature (25°C as listed in Table 

2). In other words, in very cold climate conditions the system can 

go through more cycles of charging and discharging, as initially 

its temperature raises with Sensible heat but as soon as the PCM 

starts getting melted (the Latent heat gets activated) means the 

proposed configuration can go through 3.4x times cycles (as 

discussed earlier). However, for hot weather as the PCM is 

already fully melted therefore, no Latent heat capacity is left to 

assist with thermal management of the battery.  

 

 

CONCLUSIONS 
The results showed good agreement with literature with less 

than 0.1% deviation. At regular ambient temperature, the 

addition of PCM improved the performance of the battery cell 

with an extension of life by a further 20% for a single discharge 

and 3.4x more for multiple continues cycles, so it can be assumed 

that the PCM-based passive cooling given the assumptions and 

boundary conditions, can act as practical solution to BTMS 

provided further research on other varying factors is carried out. 

However further investigations for various weather conditions 

are required to introduce suitable passive cooling as viable 

BTMS option. 
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ABSTRACT 
Droplet wetting on a surface and the interactions between 

them have been drawing increasing attention during the past two 
decades due to their wide applications in spray cooling, colloidal 
assembly, surface self-cleaning and thermal management, etc. 
Despite great progress in droplet-surface interactions such as 
Leidenfrost effect, droplet impacting, wetting state transition, 
and droplet movement controlling, our understanding of these 
phenomena still remains incomplete. In this study, water droplets 
were deposited on hot micro-structured superhydrophobic 
substrates (~ 130°C) at the Wenzel state for boiling study. We 
observed the capillary wave generated on the cap surface of 
boiling water droplets on different superheated substrates and 
explored the influence of substrate micropillar size on the 
amplitude and wavelength of the capillary waves. The depinning 
of the droplet contact line, caused by the nucleate boiling, 
triggered the generation of capillary waves on the droplet 
surface. Thus-generated capillary wave amplitude is found to be 
proportional to the substrate micropillar height, and the capillary 
wavelength is found to increase with the increasing micropillar 
height following a 2/3 power law.  

NOMENCLATURE 
A [µm] Amplitude of capillary waves 
D [µm] Diameter of the micropillars 
f [Hz] Frequency of the capillary wave 
H [µm] Height of the micropillar array 
k [/µm] Wave number 
L [µm] Periodicity of the micropillar array 
P1 [Pa] Droplet base pressure 
P2 [Pa] Vapor bubble pressure 
P3 [Pa] Ambient pressure 
P4 [Pa] Bubble cavity pressure 
PCa [Pa] Capillary pressure 
r [-] Substrate roughness
T [s] Capillary wave period
v [µm/s] Depinning velocity of the contact line 
Special characters 
θ [-] Contact angle 
σ [N/m] Surface tension coefficient 
λ [µm] Wavelength of the capillary waves 
ρ [kg/m3] Density of fluids 

INTRODUCTION 
Droplet boiling/evaporation on superheated substrates have 

been drawing increasing attention during the past two decades 
due to their wide applications including digital electronics 
cooling1, 2, spray cooling/printing3, 4, combustion5 and colloidal 

assembly6. A long-standing goal of droplet boiling on 
superheated substrate is to enhance the liquid-solid heat transfer 
by taking advantage of the rapid phase-change process. Thus, 
tremendous studies have been focused on the heat transfer of the 
droplet-substrate interactions7-9. Also, the superheated substrate 
would improve the movability of droplet deposited on the 
substrate and movement controlling of a sessile droplet on the 
superheat substrates also received a lot of attention10, 11. Due to 
the relatively small size of microdroplets, only their bulky 
behaviors were analyzed in most of the prior research and the 
influence of the droplet morphology due to the droplet-substrate 
interactions on heat transfer is generally neglected. However, the 
variation of the droplet profile can play a significant role in the 
droplet dynamics such as the droplet jet formation and droplet 
coalescence jumping. Thus, in this study we explored the profile 
variation of a boiling sessile droplet on the superheated micro-
structured superhydrophobic substrates. 

 In this research, we observed capillary wave generated on 
the cap surface of boiling water droplets on hot substrates (~130 
°C) and analyzed the influence of substrate micropillar size on 
the amplitude and wavelength of the capillary waves. In the 
experiment, a droplet with volume around 6 µL was deposited 
on a superhydrophobic micro-pillared substrate. Then, the 
substrate together with the droplet were gently moved on the hot 
plate for boiling study. Two high-speed cameras from the side 
view and top view were set to record the profile vibrations of the 
boiling droplet. The dynamic processes of vapor bubble 
generation and expansion, and surface capillary wave 
propagation were captured and analyzed. Bubble embryos 
generated by nucleate boiling first appeared at the interface of 
the droplet base straddling the micropillars. Then the bubbles 
continued lateral expansion and finally approached the droplet 
rim, which may lead to the depinning of the three-phase contact 
line. The depinning of the contact line triggered the generation 
of capillary waves on the droplet surface. Interestingly, 
amplitude and wavelength of thus-generated capillary wave on 
the boiling droplet increase with the increasing substrate 
micropillar height while the micropillar diameter and periodicity 
show less influence. Based on a scaling analysis, we find that the 
capillary wave amplitude is proportional to the micropillar 
height, and the capillary wavelength increases with the 
increasing the micropillar height following a 2/3 power law. 

EXPERIMENTAL SETUP 
Silicon-based micro-structured substrates in this work were 

fabricated by the standard photolithography process and deep 
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reactive ion etching (DRIE)12-14. The microstructures on the 
substrate are characterized by the scanning electron microscope 
(SEM) as shown in Fig. 1. In total, 32 micropillar-arrayed 
devices with micropillar diameter of 20 µm, 30 µm, and 40 µm, 
micropillar height of 20 µm, 40 µm, 60 µm, and 80 µm and 
micropillar periodicity of 120 µm , 140 µm , and 160 µm , 
respectively, are used in this study. 

Subsequently, all the substrates were conformally coated 
with silane (Trichloro (1H,1H,2H,2H-per fluoroethyl)-silane, 
Sigma-Aldrich) using the standard chemical vapor deposition 
(CVD)15 process. Then the substrates were baked at 90°C for 60 
minutes to introduce superhydrophobicity on the surfaces. To 
mitigate the sample edge effect on the droplet evaporation 
process, substrate samples were cut into square pieces with the 
dimension of 2 cm x 2 cm and water droplets were deposited at 
the center of the substrate. 

 
Figure 1. SEM image of micropillar-arrayed sample device. 

The experimental setup of this study is shown in Fig. 2. 
Because of the large substrate periodicity employed in this study, 
the droplet was apt to stay in the Wenzel state16 when it was 
deposited on the substrate. Then the sessile droplet on the 
substrate was carefully moved to the hot plate for the boiling 
study. The substrate was heated on a hot plate to slightly over the 
saturation temperature of water (130 °C in this study) and 
measured by a K-type thermocouple embedded under the 
substrate. Two high-speed cameras (nac MEMRECAM HX-3 
and Photron FASTCAM SA-6) were used to record the boiling 
process of the droplet from the side view and top view 
simultaneously. The maximum frame rate of the recorded videos 
is up to 40000 fps.   

 
Figure 2. Experimental setup including a micropillared device 
positioned on a hot plate, two high-speed CCD cameras, LED 
light source and a thermocouple for substrate temperature 
monitoring.  

CONTACT ANGLE 
The advancing and receding contact angles of the sessile 

droplet on different substrates in the Wenzel state are shown in 
Fig. 3. The droplet advancing contact angle increases with the 
increasing substrate roughness 𝑟 = .  As such, the droplet 
receding contact angle decreases with the increasing substrate 
roughness, consistent with the observation of Chen et al.17 . In 
this work, the increase of the substrate roughness is mainly 
caused by the increase of the micropillar height which could 
incur the increase of the contact angle hysteresis as mentioned 
by Johnson et al.18 The increase of the surface roughness would 
lead to the rise of energy barrier for the droplet contact line to 
move. It requires a larger advancing contact angle (or a smaller 
receding contact angle) to generate a larger driven force at the 
three-phase contact line to overcome the increased energy barrier 
of the moving contact line. As a result, the advancing (or 
receding) contact angle increases (or decreases) with an increase 
in the surface roughness.  

 
Figure 3. Advancing and receding contact angles of droplet on 
different substrates. The volumes of the droplets for contact 
angle measurement are larger than 5 µL19.  

DROPLET BOILING 
Due to the high thermal conductivity of the silicon substrate, 

the temperature of the substrate quickly approached the hot plate 
temperature, which was measured by a thermocouple underneath 
the substrate. As a result, the droplet deposited on the substrate 
starts to boil promptly after being transported to the hot plate.   

The droplet boiling commenced with the occurrence of 
vapor bubbles inside the droplet. The vapor bubble expansion 
and contact line depinning of the boiling droplet are shown in 
Fig. 4. It is observed that a small vapor bubble embryo was 
initially generated on a micropillar (regarded as “defects” of the 
substrate). Then, the vapor bubble started to grow and spread 
towards the surrounding micropillars. The vapor bubble covered 
one micropillar in the beginning and gradually grew to cover four 
surrounding micropillars after 0.09s as shown in Fig. 4. Instead 
of rising to the droplet bulk (due to the buoyancy), the vapor 
bubble was pinned by the micropillars and expanded at the 
droplet base. Meanwhile, there is almost no deformation of the 
droplet cap surface, which can be validated by the smooth 
surface from the side-view snapshots as presented in Fig. 4. The 
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droplet was pinned at the contact line and stretched by the 
pinning force to form the smooth cap surface. The balance of the 
surface smoothness is broken by the depinning of the droplet 
contact line. Deformation of the droplet sustained until the vapor 
bubble approached the droplet contact line at the time of 0.74s. 
The continuous evaporation led to overpressure inside the vapor 
bubbles. Due to the concave shape (negative curvature), the 
overpressure inside the vapor bubble was balanced by the 
Laplace pressure of the bubble surface. When the expanding 
vapor bubble reached the droplet contact line, water entrapped 
within the interstices between micropillars around the contact 
zone, i.e., liquid bridge, could be detached from the substrate, 
leading to reduced Laplace pressure of the bubble. As such, 
vapor started to leak from the bubble into the surrounding air and 
the pressure difference between the bubble and the ambient 
pressure at the droplet contact line further incurred the depinning 
of the droplet at the contact line. The release of the pinned liquid 
bridge at the droplet contact line generated the capillary wave on 
the droplet cap surface20.  

 
Figure 4. (Top panel) Side view and top view of vapor bubble 
generation and expansion in the sessile droplet. (Bottom panel) 
contact line depinning of the boiling droplet. Micropillared 
substrate 𝐷, 𝐿, 𝐻 = [20, 120, 20]μm. 

CONTACT LINE DEPINNING 
      The diagram of the depinning process for the boiling droplet 
is shown in Fig. 5. As mentioned above, bubbles are generated 
inside the droplet and expand towards the contact rim at the 
droplet base. The pressure difference between the vapor bubble 
and the droplet base leads to the depinning of the droplet contact 
line. The water liquid pinned by the micropillars at the rim zone 
rose from the root of the micropillars and then detached from the 
top surface of the micropillars as shown in Figs. 5(a) and 5(b).  

The pressure inside the water near the droplet base is 𝑃 , the 
pressure inside the bubble is 𝑃  and the surrounding air pressure 
is 𝑃 . The phase change at the droplet base generates the 

overpressure in the vapor bubble on the micropillars. The 
concave profile of the bubble leads to a Laplace pressure towards 
the vapor side. Also, the pressure at the droplet base is larger than 
the pressure of the surrounding air. Therefore, we have the 
following relations between 𝑃 , 𝑃  and 𝑃 : 𝑃 > 𝑃 > 𝑃              (1) 

     𝑃 = 𝑃 + ∆𝑃 _              (2) 
        𝑃 = 𝑃 + ∆𝑃 _              (3) 

                         𝑃 = ∙                               (4) 
where ∆𝑃 _  and ∆𝑃 _  are the Laplace pressure 
difference caused by the bubble curvature and the droplet 
curvature, respectively. 𝑃  is the capillary pressure21 at the 
micropillar top.  𝜎  is the surface tension of water, 𝐷  is the 
diameter of the micropillar, 𝐿 is the periodicity of the micropillar 
and 𝜃 is the contact angle of the water liquid. 
 

 
Figure 5.  Diagram of contact line depinning at the droplet base 
due to vapor bubble burst. 

The superheat of the substrate and the pressure difference 
between the vapor bubble and ambient air lead to the detachment 
of the stretched liquid bridge at the droplet contact line. This 
sudden detachment causes the oscillation of the liquid bridge and 
generates capillary wave on the cap surface of the droplet. 
Meanwhile, the leak of the vapor bubble causes the pressure 
inside the bubble cavity 𝑃  to the same level as the ambient 
pressure 𝑃 . The concave profile of the bubble cavity causes the 
pressure difference between the droplet base 𝑃  and the bubble 
cavity 𝑃 . When the periodicity of the substrate is relatively large 
and the capillary pressure resistance 𝑃  generated by the 
micropillars is not sufficient, liquid at the droplet base would 
again fill the bubble cavities.  

In Fig. 6 we show the experimental observations of the 
depinning process at the droplet contact line. Fig. 6(a) is for the 
droplet depinning on substrate with micropillar diameter 𝐷 = 20 µm , micropillar periodicity 𝐿 = 120  µm , micropillar height 𝐻 = 20 µm. Fig. 6(b) is for the droplet depinning on substrate 
with 𝐷 = 20 µm, 𝐿 = 120 µm, and 𝐻 = 40 µm. Fig. 6(c) is for 
the droplet depinning on substrate with 𝐷 = 20 µm, 𝐿 = 120 µm , and 𝐻 = 60  µm . Vapor bubble is observed inside the 
droplet and the droplet base is pinned by the micropillar at 𝑡 =50 µs in Fig. 6(a) and at 𝑡 = 25 µs in Fig. 6(b). Then, the liquid 
bridge detached from the micropillar to generate the capillary 
waves. In Fig. 6(c) we show the front view of the depinning 
process. A large vapor bubble was generated inside the droplet 
at the droplet base. Consequently, pressure difference  
(difference between pressure inside the vapor bubble and the 
ambient air at the contact line 𝑃 − 𝑃 ) around the liquid bridge 
led to the depinning of the contact line at 𝑡 = 600 µs. Then, the 
Laplace pressure caused by the bubble cavity curvature drove the 
droplet base to settle on the micropillared substrate. 
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Figure 6.  Experimental observation (side view and front view) 
of droplet contact line depinning on different substrates: (a) 
substrate [𝐷, 𝐿, 𝐻] = [20, 120, 20]μm ; (b) substrate [𝐷, 𝐿,𝐻] = [20, 120, 40]μm; (c) substrate [𝐷, 𝐿,𝐻]= [20,120,60] μm 
WAVELENGTH AND AMPLITUDE OF CAPILLARY 
WAVES ON BOILING DROPLET 

 
Figure 7. Side view of capillary waves formed on the boiling 
droplets on different micropillared substrates: (a) substrate [𝐷, 𝐿, 𝐻] = [20, 120, 20]  μm ; (b) substrate [𝐷, 𝐿, 𝐻] =[20, 120, 40]μm ; (c) substrate [𝐷, 𝐿, 𝐻] = [20, 120, 60]μm ; 
and (d) substrate [𝐷, 𝐿, 𝐻] = [20, 120, 80]μm. 

Fig. 7 shows the side view snapshots of the capillary waves 
on the surfaces of boiling droplets on different substrates. 
Substrates in this figure have the same micropillar diameter and 
periodicity ( 𝐷 = 20 µm, 𝐿 = 120 µm ), but with different 
micropillar heights. It can be seen that the capillary wave 

amplitude and half wavelength are relatively small when the 
micropillar height is small. In comparison, capillary wave with 
relatively large amplitude and wavelength exhibit on a substrate 
with large micropillar height.  

We measured the capillary wave amplitude and wavelength 
for droplets boiling on 32 different substrates and the results are 
presented in Fig. 8. It is observed that both the capillary wave 
amplitude and the wavelength increase with the increasing 
substrate micropillar height. However, the micropillar diameter 
and periodicity have no obvious or secondary influence on the 
capillary wavelength for the substrates used in this study.  

As mentioned above, the large periodicity of the 
micropillars causes a weak capillary pressure resistance 𝑃  at 
the micropillar top. After the first depinning, the pressure 
different (𝑃 − 𝑃 ) between the droplet base 𝑃  and the pressure 
of the bubble cavity 𝑃  would overcome the capillary pressure 
resistance 𝑃  and drive the water at the droplet base to fill the 
bubble cavities again. Vapor bubbles will be generated 
subsequently at the rim of the droplet to repeat the depinning 
process and continuously trigger the capillary waves. The 
continuous depinning at the droplet contact line triggers capillary 
waves on the cap surface of the droplet and constantly transfer 
momentum into the droplet. In this way, the continuously 
triggered capillary waves transfer kinetic and potential energy 
from the droplet base to the droplet bulk. We then analyzed the 
total energy of the capillary waves in the following section.  

 
Figure 8. (a) Relationship between the capillary wave amplitude 
and the micropillar height. The amplitude of the capillary wave 
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is proportional to the height of the micropillar. The slope of the 
approximate curve in Fig. 8(a) is ∆∆ = . µ  and it starts from 
the point (20 µ𝑚, 0.05 𝑚𝑚).  (b) Relationship between half of 
the capillary wave wavelength and the micropillar height. The 
capillary wavelength increases with the increasing the 
micropillar height following a 2/3 power law. The approximate 
curve in Fig. 8(b) is a 2/3 power law relation and starts from one 
experimental data (20 µ𝑚, 0.225 𝑚𝑚). 

ENERGY OF CAPILLARY WAVES 
The total energy 𝐸 of the capillary wave is the summation 

of its kinetic energy 𝐾𝐸 and its potential energy 𝑃𝐸 (In general, 
the average 𝐾𝐸 of a wave equal to its average 𝑃𝐸)22. 

      𝐸 = 𝐾𝐸 + 𝑃𝐸 = 2𝑃𝐸              (5) 

 
 

Figure 9. Diagram of a curved wave surface unit on a boiling 
droplet cap surface. 

As shown in Fig. 9, the potential energy of the curved 
capillary wave surface due to the increased surface area in a 
small unit can be estimated as: 

               𝑑𝑃𝐸 = 𝜎 𝑑𝑠 − 𝑑𝑥 𝑑𝑤 ≈ 𝜎 𝑑𝑥𝑑𝑤       (6) 
Assuming the capillary wave is in the form of sinusoidal 

wave:  𝑦 𝑥, 𝑡 = 𝐴𝑐𝑜𝑠 𝑘𝑥 − 𝜔𝑡                (7) 

where A is the amplitude of the capillary wave, 𝑘 = 2𝜋/𝜆 is the 
wave number and 𝜔 is the angular frequency.  

As a result, the average potential energy in a small unit water 
surface is: 𝑑𝑃𝐸 = 𝜎𝑘 𝐴 𝑑𝑤𝑑𝑥 = 𝜎𝑘 𝐴 𝑑𝑆             (8) 

The total energy of the whole droplet is calculated by 
integrating over the surface of the droplet: 𝐸 = 𝜎𝑘 𝐴 𝑑𝑆 = 2π𝜎𝑘 𝐴 𝑅             (9) 

In this study, the capillary waves are generated by the 
depinning of liquid bridge at the droplet contact line. 
Importantly, we found that the amplitude and the wavelength of 
the capillary waves depend on the height of the micropillars.  

Considering the capillary wave dispersion relation23, we 
have: 𝜔 = 𝑘            (10) 
where 𝜌 is the droplet density. 

Thus, the relationship between the wavelength and period is 
given by: 𝜆 = ~𝑇            (11) 

where 𝑇 is the period of the capillary wave.  

Since the capillary wave is generated by the droplet contact 
line depinning, the period of the capillary wave is initially 
determined by the depinning time. It takes a longer time for the 
liquid bridge (or contact line) to get depinned from the substrate 
with higher micropillars. Here, the liquid bridge is pined at the 
bottom of the micropillars, and the pressure difference (𝑃 − 𝑃 )  
pull the liquid bridge upward to finally detach from the top 
surface of the micropillars. Thus, the time for the depinning 
process can be approximated as: 

     𝑇 =            (12) 
where 𝐻 is the height of the micropillars and 𝑣 is the depinning 
velocity.  

Evaporation at the droplet base causes the increasing 
pressure inside the vapor bubble 𝑃  and the liquid bridge 
depinning process occurs when the pressure difference 𝑃 − 𝑃  
overcomes the adhesion at the bottom of the micropillar. The 
adhesion at the substrate micropillar bottom should be in the 
same level for different substrates due to the same coating 
material. Thus, when overcoming the adhesion from the 
micropillar bottom, the accumulated driven pressure differences 𝑃 − 𝑃  should also be in the same level for droplet boiling on 
different substrates. The depinning velocity depends on the 
initial energy provided by the driven pressure difference 𝑃 −𝑃 . Consequently, the depinning velocity on the substrate should 
be in the same level and here we regard it a constant factor. The 
relationship between the capillary wavelength and the 
micropillar height scales as: 

    𝜆~𝐻             (13) 
Therefore, the above derivation indicates a 2/3 power law 

relation between the capillary wavelength and the micropillar 
height. 

Then we considered the amplitude of the capillary waves on 
a boiling droplet surface. The initial amplitude of the capillary 
waves should be proportional to the length of the liquid bridge, 
which is determined by the height of the micropillars. Thus, the 
capillary wave amplitude should be proportional to the 
micropillar height:  

    𝐴~𝐻            (14) 
Obtaining the relationship between the capillary wave 

amplitude and wavelength and the substrate micropillar height, 
we can calculate the capillary wave energy on substrate with 
different micropillar heights.  

 
The total capillary wave energy is calculated as: 

       𝐸 = 2π𝜎𝑘 𝐴 𝑅 ~𝐻            (15) 
Therefore, the capillary wave energy increases with the 

height of the micropillars. The larger micropillar height leads to 
higher capillary wave amplitude and wavelength. 

CONCLUSIONS 
In this study, we explored the interactions between droplet 

and superheated substrate and observed the profile variation of 
boiling water droplet. The mechanism of capillary wave 
generation on the cap surface of the boiling water were discussed 
and relationship between the capillary wave amplitude and 
wavelength and the substrate micropillar height were obtained. 
Bubble generation and expansion processes inside the droplet are 
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observed during the boiling of the droplet. Capillary waves are 
observed on the cap surface of the boiling droplet and are 
essentially triggered by the depinning of the droplet contact line 
on the micropillared surface. Based on a scaling analysis, we 
found that the capillary wave amplitude is proportional to the 
micropillar height, and the capillary wavelength increases with 
the increase of the micropillar height following a 2/3 power law.  
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NOMENCLATURE
ṁ [kg/s] Mass Flow Rate
T [K] Temperature
NTU [-] Number of Transfer Units
P [Pa] Pressure
CHEX [-] Compact Heat Exchanger
SABRE [-] Synergetic Air-Breathing Rocket Engine

Special characters
σi [-] Pressure Recovery
ϑi [-] Temperature Recovery
Dα [-] Distortion Coefficient
CIT [K] Compressor Inlet Temperature

Subscripts
air Air-side
He Helium-side

ABSTRACT
A Precooler is an advanced compact heat exchanger associ-

ated with high-speed aerospace propulsion systems. It is used
to cool high-temperature ram-intake air before it enters the com-
pressor. This prevents performance deterioration of the compres-
sor by limiting the flow temperature. The use of a compact heat
exchanger allows turbomachinery-based air-breathing engines to
operate in the hypersonic flight regime (> Mach 5). In this
work, the performance of a Precooler for the SABRE (Syner-
getic Air-Breathing Rocket Engine) class of propulsion systems
has been simulated using computational fluid dynamics (CFD).
Performance is analysed using two types of data: pressure-drop
and net heat transfer.

INTRODUCTION
n the context of high-speed air-breathing propulsion systems,

a precooled engine cycle is one that incorporates a compact heat
exchanger (CHEX) known as a precooler between the air intake
and the first compressor stage. This allows conventional gas tur-
bine engines to operate in the hypersonic flight regime as the pre-
cooler quenches the inlet air and prevents the compressor blades
from being damaged by high temperatures [1]. By extending the
flight-speed range of a gas turbine engine, precooling overcomes
the limitations faced by conventional hypersonic propulsion sys-
tems such as ramjets which require supersonic airflow to operate

and are therefore incapable of accelerating a vehicle from rest.
Precooled engine cycles can also be coupled with ramjet and

rocket engine cycles to enable single-stage-to-orbit (SSTO) or
two-stage-to-orbit (TSTO) spaceflight. These hybrid engines are
known as combined cycle engines and are also attractive in the
context of atmospheric propulsion given that ramjet and scram-
jet engines are efficient at high speeds. Given the importance of
precooling in future hypersonic propulsion systems, there have
been many recent research efforts to study the performance of
these CHEX and improve upon their design. Two of the promi-
nent combined cycle engines that have received extensive testing
are the SABRE (Synergetic Air-Breathing Rocket Engine) cy-
cle developed by Reaction Engines Ltd. (Britain) [2] and the
ATREX (Air Turbo Ramjet Engine with Expander) cycle created
by JAXA (Japan Aerospace Exploration Agency) [3].

The work of Murray et al. [4] inspired the typical axisym-
metric precooler being investigated currently in literature. The
CHEX configuration that was proposed consists of an axisym-
metric involute spiral matrix core inspired from fish gills. The
spiral matrix consists of numerous fine tubes that carry a suitable
auxiliary fluid such as helium and the absence of fins ensures that
the pressure drop is low. An axisymmetric configuration is used
to meet volume and shape constraints while ensuring that the heat
transfer area is large enough to cool air in excess of 1000 K in a
fraction of a second [2].

Figure 1. Precooler placed inside a hypersonic engine.

Studies by Yu and colleagues [5; 6; 7; 8] have revealed that
simultaneous attainment of high thrust and high specific impulse
is possible with precooled engine cycles. The heat exchanger has
also been found to be the main factor in the system irreversibil-
ity. Parametric design studies have concluded that by increasing
coolant temperature, the specific impulse of the cycle can be en-
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hanced with only a minor penalty in thrust.
The performance assessment of a CHEX typically includes

analysis of the variation in pressure and temperature drop across
the CHEX core with inlet mass flow rates. This is especially
important when integrating an air-coolant CHEX into an air-
breathing propulsion system. To the best of the authors’ knowl-
edge, previous research works on numerical analysis of precool-
ers have not examined CHEX performance in this manner. Most
studies have focussed on the analysis of combined cycle engines
outfitted with precoolers. Ding et al. [9] examined the variation
pressure and temperature with respect to inlet pressure, temper-
ature and flow velocity. However, they did not report the outlet
values or drops in pressure or temperature. Yu et al. [10] reported
the airside pressure drop but did not examine the variation with
respect to airside mass flow rate. It is also worth noting that en-
gine cycle analysis makes use of the pressure and temperature
recovery factors (ratio of outlet to inlet value). Information on
the pressure and temperature recovery of an air-helium precooler
is lacking in current literature.

In the present work, we focus mainly on the effects of inlet
mass flow rate and coolant mass flow rate on the pressure drop
and temperature change within the heat exchanger. We also com-
pute the pressure and temperature recovery factors for future use
in engine cycle analysis. Fig. 2 depicts the geometry of the pre-
cooler. It resembles an annular region of 1 m length, and inner
and outer diameters of 1000 and 700 mm respectively. The tube
dimensions are taken from [9].

Figure 2. Annular CHEX

Figure 3. Tube Layout

NUMERICAL METHOD
An axisymmetric 2D CFD approach was followed as a 3D

analysis is computationally expensive and time consuming. To

further reduce the computing cost, the heat exchanger was treated
as a porous zone to calculate pressure drop, and the dual-cell
method for heat transfer was used to compute temperatures and
heat rejection. It has already been shown by [9] that the porous
zone and dual cell method produces reasonably accurate results
for precooler performance. The commercial CFD package AN-
SYS Fluent was used for all calculations.

In the porous zone approach [11; 9], the porosity of the
compact heat exchanger is defined from the geometric specifi-
cations and the inertial and viscous loss coefficients are com-
puted from the pressure drop equation for compact heat exchang-
ers [12]. The superficial velocity formulation of the Navier-
Stokes Equations is solved to compute the flow velocity and
pressure drop. The dual cell heat exchanger [11; 9] involves
two overlapping porous zones for the primary (hot) and auxiliary
(cold) fluids respectively. Both zones are solved simultaneously
and are coupled through heat transfer calculations based on the
effectiveness-NTU method. For each cell in the two zones, heat
rejection is computed and added as a source term in the energy
equations of the respective flow. The NTU number for the heat
exchanger being studied was obtained from experimental data
found in [13].

A cell centred finite volume method was followed to solve
for the thermofluidic properties. The SA turbulence model was
selected to limit the computational expense while providing sen-
sible CFD results. Although the airflow is well below Mach 0.3,
it is treated as a compressible flow to accurately model the pres-
sure drop. The body-force weighted algorithm was used to solve
for the pressure terms while the second-order upwind algorithm
provided results for all other quantities. The CHEX configura-
tion of the precooler is actually a hybrid between crossflow and
counterflow. However, as the number of turns per tube bundle
exceeds 4, the CHEX is treated as a counterflow configuration
[9].

VALIDATION
Before considering the actual precooler geometry, it is

necessary to validate this approach against experimental data.
Reaction Engines Ltd. developed a small conventional tube-
bank heat exchanger known as the JMHX that provides data
used to predict the actual performance of the precooler. The
heat exchanger consists of alternating rows of 41 and 42 tubes
respectively in a staggered configuration. The heat exchanger
resembles a cuboid with length, height and depth of 38.95
mm, 3.762 mm and 40 mm respectively. The details of this
heat exchanger can be found in [13]. The initial pressure drop
validation was conducted by modelling Nitrogen flow through
the JMHX heat exchanger [13] at various mass flow rates. A
mesh with 29640 cells was used in this initial study and the
results are summarized in the table below.

To validate heat transfer, a CFD study of the heat exchange
between Nitrogen (primary) and Helium (auxiliary) at mass flow
rates of 0.0259 and 0.00093 kg/s respectively and temperatures
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Mass Flow Rate (kg/s) CFD ∆p (Pa) Experimental ∆p (Pa) % Error

0.010 663 500 33

0.015 1000 700 43

0.020 1332 1100 21

0.025 1660 1700 2

0.035 2328 2500 7

0.045 3000 4000 25

Table 1. Validation of JHMX pressure drop simulation data.

of 877 and 223 K respectively is performed [9; 13]. The NTU
number of the JMHX is taken from [13] and the results of
the study are shown below. The discrepancy between CFD
and experimental data at low and high mass flow rates arises
mainly due to the choice of turbulence model used in the present
study (SA turbulence model). To match the CFD results with
experimental data more closely, a comparison between multiple
turbulence models is necessary. However, the validity of the
present CFD analysis becomes clear from the second validation
case described below.

- ∆p (Pa) Heat Transfer Rate (W)

Experimental Result 4600 2560

Ding et al. [9] 4210 2985

Simulation Results 4960 2238

% Error 7.83 12.58

Table 2. Validation of JHMX heat transfer simulation data.

Table 2 indicates that there is good agreement between the
simulation data and data from existing literature [9] as well as
experimental data [13].

GRID REFINEMENT
A 353300 cell mesh was chosen after varying the number of

cells from 31800 to 353300 (6 different grids) and observing the
air-side and helium side pressure drops and temperature changes
(Fig. 4 and Fig. 5).

RESULTS AND DISCUSSION
A total of four air mass flow rates (10, 15, 20 and 25 kg

s )
and two helium mass flow (5 and 10 kg

s ) rates are considered
at the inlets of the precooler while the airside and helium side
inlet temperatures are 1341 K and 200 K respectively. The pre-
cooler performance is assessed using the airside pressure drop
and temperature drop in addition to the heat rejection and four
other dimensionless parameters. The total pressure recovery σi
(σP) is the ratio of the total pressure at location i to the inlet total
pressure. As the name suggests, it is a measure of how much of
the initial pressure conditions are ”maintained” or ”recovered”. It
is important to note that the total pressure is the sum of the static
and dynamic pressure components and for isentropic flows, it is

Figure 4. Mesh Refinement Study

Figure 5. Mesh Refinement Study

equivalent to the stagnation pressure.

σi =
pt,i

pt,in
(1)

Similarly, the total temperature recovery ϑi (σT ) is defined in the
following manner.

ϑi =
Tt,i

Tt,in
(2)

The other two dimensionless parameters are variants of the dis-
tortion coefficient (DP and DT ) which is defined as:

Dα =
αmax −αmin

αavg
(3)

where α is either the temperature T or the pressure P. The dis-
tortion coefficient is a measure of magnitude of variation in a
quantity α.
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Figure 6. Pressure Drop vs Mass Flow

Fig. 6 depicts the variation in airside pressure drop with the
inlet mass flow rate of air (ṁair) for two different values of the
inlet mass flow rate of helium (ṁHe). It is clear that the pressure
drop increases rapidly as the mass flow rate of the primary fluid
is increased. The pressure drop is also marginally sensitive to
the mass flow rate of the auxiliary fluid. As ṁHe is increased,
the airside pressure drop decreases. This reduction in pressure
drop is more prominent at higher values of ṁair. The increase
in pressure drop can be attributed to the enhanced viscous and
inertial losses that occur at higher mass flow rates.

Figure 7. Temperature rise in auxiliary fluid.

The helium side temperature rise is illustrated in Fig. 7 for the
case of ṁair = 20.73kg/s and ṁHe = 4.13kg/s. For this particular
combination of parameters, the heat capacity rate ratio is close
to one and consequently, the change in temperature of air and
helium are similar.

Fig. 8 shows the variation of airside temperature drop with
ṁair. At low values of ṁHe, the temperature drop decreases al-
most linearly as the mass flow rate of air is increased. This can
be attributed to the difference in heat capacity rates (C) of air and
helium. At low ṁair and ṁHe, CHe is higher than Cair and as a re-
sult, there is a large temperature change in the airside flow. How-
ever, if ṁHe is maintained at a low value and ṁair is increased,
Cair becomes larger than CHe and as a result, the extent to which
the airside flow experiences a temperature change is reduced. On
the other hand, at high ṁHe the value of CHe is consistently larger
than Cair resulting in a higher temperature drop that is not so sen-
sitive to ṁair.

Figure 8. Temperature Change vs Mass Flow

Figure 9. Compressor Inlet Temperature vs Mass Flow

Fig. 9 depicts the effect of inlet mass flow rates on the com-
pressor inlet temperature (CIT). For a high auxiliary mass flow
rate (ṁHe), the CIT gradually increases with primary mass flow
rate (ṁair). At a lower auxiliary mass flow rate, the CIT increases
with primary mass flow rate and the trend is approximately lin-
ear. The increase in CIT with ṁair is due to the reduction in
precooler temperature drop that is visible in Fig. 8.

The heat rejection from the precooler is displayed in Fig. 10.
As the mass flow rate of air is increased, the heat transfer rate is
enhanced. At low auxiliary mass flow rate, the sensitivity of heat
transfer rate to the airside mass flow rate gradually decreases.
However, at higher auxiliary mass flow rate, the variation be-
tween heat rejection and primary mass flow rate is nearly linear.

Fig. 11 illustrates the influence of ṁair on the total pressure
distortion within the heat exchanger. As ṁair increases, the pres-
sure distortion also increases. However, the rate at which pres-
sure distortion increases depends on ṁHe and is lower at higher
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Figure 10. Heat Rejection vs Mass Flow

Figure 11. Pressure Distortion vs Mass Flow

values of ṁHe. Fig. 12 shows the effect of ṁair on the tempera-
ture distortion coefficient. At high values of ṁHe, the temperature
distortion does not change appreciably with ṁair. At lower val-
ues, the temperature distortion gradually decreases as ṁair grows
larger.

Fig. 13 displays the effect of ṁair on the total pressure re-
covery. A large pressure recovery coefficient indicates that the
difference between the inlet and exit pressures is small while a
small recovery coefficient indicates the opposite. It is evident
that as ṁair increases, the pressure recovery decreases which is
consistent with the trends in pressure drop depicted in Fig. 6.
At higher values of ṁHe, the rate at which the pressure recovery
coefficient decreases is slightly reduced.

Fig. 14 shows the effect of ṁair on the total temperature re-
covery. As ṁair increases at low values of ṁHe, the temperature
recovery coefficient increases in an approximately linear trend.
For higher values of ṁHe, there is little variation in the tempera-

Figure 12. Temperature Distortion vs Mass Flow

Figure 13. Pressure Recovery vs Mass Flow

ture recovery. These behaviours are analogous to what is shown
in Fig. 8.

CONCLUSION
In this work, the performance of a precooler (axisymmetric

compact heat exchanger) has been studied using CFD. The re-
sults from the CFD analysis were then applied to examine the
effect of precooler performance on engine cycle performance.
The following conclusions can be drawn from the current inves-
tigation:

1. Airside pressure drop increases with mass flow rate. If the
precooler is being operated at a high air mass flow rate, a
higher helium mass flow rate may beneficial due to the re-
duced loss in pressure.

2. Airside temperature drop decreases almost linearly with air
mass flow rate if the helium mass flow rate is less than the
air mass flow rate. If helium mass flow rate is comparable to
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Figure 14. Temperature Recovery vs Mass Flow

or larger than the air mass flow rate, the airside temperature
is higher by 30-100 K and decreases much more gradually.

3. Airside pressure recovery consistently decreases as air mass
flow rate is increased. A higher helium mass flow rate only
marginally enhances the pressure recovery coefficient.

4. Airside temperature recovery increases with air mass flow
rate if the helium mass flow rate is low. If the helium mass
flow rate is relatively close to the air mass flow rate, the
temperature recovery coefficient is not so sensitive to the air
mass flow rate and the rate of change is also low.

5. Airside pressure distortion rapidly grows with increasing air
mass flow rate. The rate of growth is marginally reduced if
higher helium mass flow rates are used.

6. Airside temperature distortion is approximately constant for
precoolers operating at a high helium mass flow rate. If
the helium mass flow rate is considerably lower than the air
mass flow rate, the temperature distortion coefficient slowly
drops as the air mass flow rate grows larger.

7. The compressor inlet temperature (CIT) exhibits a trend that
is analogous to the temperature recovery of the precooler.
Therefore, to limit the CIT it is advisable to operate the pre-
cooler with an auxiliary mass flow rate (helium) that is rel-
atively close to the primary mass flow rate (air). Another
benefit of this operating condition is that the sensitivity of
the CIT to primary mass flow rate fluctuations is greatly re-
duced.

SCOPE FOR FUTURE WORK
The present study provides preliminary results that may be

useful in the context of engine cycle analysis and turbomachin-
ery performance analysis. The compressor work (CW) depends
directly on the CIT. To reduce CW and to suppress the sensitiv-
ity of CW to airside mass flow rate, operating the precooler at
a large helium mass flow rate may be helpful. The pressure re-
covery and temperature recovery ratios obtained in the current
investigation extend themselves easily to zero dimensional and

one dimensional aircraft/rocket engine analysis.
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ABSTRACT 
Thermal issues need to be addressed in a broad range of 

engineering applications. Many engineering sectors are 

challenged by steadily increasing power loss densities leading to 

higher demands on thermal management systems. An effective 

way to encounter the heat losses is the use of active cooling 

systems. However, the operation of such systems often requires 

significant energy input. Passive thermal management systems 

offer an alternative to counter the trend of further increasing 

energy input. Especially in moving systems such as feed drives 

in machine tools or battery modules in electric vehicles passive 

thermal management systems provide a powerful and efficient 

way of dealing with heat losses. Heat pipes are an important tool 

for passive thermal control allowing for efficient heat transfer 

due to very low thermal resistance. While the combination of 

heat pipes and heat sinks is a well-established approach in 

electronic applications, thermal management in machine tools 

and electric vehicles is dominated by active cooling systems. 

This paper aims to demonstrate the potential of heat pipe based 

systems and to provide a convenient simulation approach to 

numerically evaluate the effect of corresponding systems in feed 

drive assemblies. As a first step it is shown how heat pipes and 

heat sinks can be characterized by means of static and dynamic 

measurements. Based on the experimentally obtained thermal 

resistance values, a simulation method for easy implementation 

of the heat pipe and heat sink behaviour into thermal finite 

element models is presented. The proposed modelling approach 

is validated by comparing the experimental and numerical 

results. 

INTRODUCTION 
Heat pipes are passive heat transfer devices with very high 

effective thermal conductivity that can reach the order of 

105 W/(m K) [1].  The possibility to transport heat at small 

temperature gradients without auxiliary equipment leads to a 

broad application range of heat pipes. Typical applications of 

heat pipes are thermal control of computer systems, solar cells 

and nuclear power reactors [2-4]. As proposed in [5], heat pipes 

are also a convenient tool for energy-efficient systems that 

address thermal issues in machine tools. Corresponding systems 

provide high effective conductivity at low costs, conservation of 

electrical energy due to the passive operation and high durability. 

The exceptional heat transfer characteristics of heat pipes are 

based on a two-phase cycle of a working fluid within a 

hermetically sealed, typically tubular vessel. Numerous heat pipe 

types with different working fluids and wick structures have 

been discussed in literature [6-11]. However, in addition to the 

geometrical and physical parameters, the operation of heat pipes 

is also influenced by acceleration forces that occur in moving 

systems. To guarantee proper heat pipe operation in moving 

systems such as machine tools and electric vehicles, the 

behaviour of heat pipes under motion needs to be investigated. 

On the one hand, the performance of rotating heat pipes has 

been extensively addressed in literature [1]. On the other hand, 

few studies exist that focus on the influence of translational 

acceleration on the heat pipe behaviour. Studies were presented 

that focus on the effect of vibrations on the heat pipe 

performance. In [12-13] it was found that the presence of 

vibrations leads to a reduced thermal resistance of the heat pipe. 

However, in another study it was observed that longitudinal 

vibrations caused a reduced capillary heat transport limit [14]. 

Investigations of heat pipes under transient accelerations using a 

centrifuge table are presented in [15-16]. The results demonstrate 

that the acceleration leads to a reduced or increased thermal 

resistance of the examined heat pipes depending on the heat pipe 

orientation and the acceleration magnitude. Experimental 

investigations on heat pipes with different capillary structures 

are described in [17]. It was found that the heat transfer limit of 

a heat pipe with screen-covered grooves was significantly 

reduced under translational acceleration. The examined grooved 

heat pipe without screen however demonstrated a strongly 

increased heat transfer limit under motion. 

NOMENCLATURE 

𝑄 [W] Heat flow 

R [K/W] Thermal resistance 

T [°C] Temperature 

Subscripts 

amb Ambient 

cond Condenser 
conv Convection 

eva Evaporator 

hp Heat pipe 
in Input 

sink Heat sink 
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This paper focuses on the thermal characterization and 

modelling of heat pipes and heat sinks in the context of passive 

thermal management systems on moving assemblies. An 

experimental set-up is presented that was used to determine the 

thermal resistance curves of heat pipes at different inclinations, 

heating levels and motion states. In a second step an assembly of 

heat pipe and heat sink was experimentally investigated to obtain 

motion-dependent convective heat transfer coefficients. The 

experimental results are finally used as parameter input for a 

reduced modelling approach allowing for easy implementation 

in finite element models. 

 

STATIC AND DYNAMIC CHARACTERIZATION OF HEAT 
PIPES 

The performance of heat pipes is characterized by the thermal 

resistance 

𝑅hp =
𝑇eva−𝑇cond

𝑄
      (1) 

where 𝑄 is the heat flow and 𝑇eva and 𝑇cond the temperatures 

of the evaporator and condenser section, respectively. The 

thermal resistance of heat pipes is usually highly nonlinear and 

needs to be obtained as a function of the transferred heat.  The 

overall thermal resistance of a heat pipe is composed of different 

conductive and convective resistances. Zuo and Faghri presented 

a thermal resistance representation of a heat pipe as shown in 

Figure 1 [18]. The incoming heat flows radially through the 

evaporator wall (𝑅1) and wick (𝑅2). The heat is then transported 

axially by convective heat transfer through the vapor flow (𝑅3). 

At the condenser section the heat flows radially through wick 

(𝑅4) and wall (𝑅5). This main heat transfer path is supplemented 

by axial heat conduction resistances of the heat pipe wick (𝑅6) 

and wall (𝑅7) forming two heat transfer paths connected in 

parallel to the main heat transfer path. 

 

Figure 1 Thermal resistance network representation of a heat 

pipe, adapted from [18]. 

 

Compared to the vapor flow, the liquid flow from condenser 

to evaporator behaves in a different manner that needs to be 

accounted for. The liquid flow in conventional heat pipes, that 

operate in gravity-opposed orientation, usually relies on 

capillary forces provided by the wick structure. Another option 

to return the working fluid to the condenser is to use forces 

caused by acceleration fields. While the operation of 

thermosiphons benefits from gravitational acceleration, rotating 

heat pipes use centrifugal forces for liquid return. However, in 

some scenarios acceleration forces can limit the heat pipe 

operation, as stated above. It is therefore essential to characterize 

the heat pipe behaviour not only under static but also dynamic 

conditions. 

In [17] an experimental set-up is described that is based on a 

linear direct drive enabling the determination of the heat pipe 

resistance under cyclic translation. An aluminium framework, 

that includes the heat pipe assembly, is mounted onto a linear 

direct drive. The heat pipe assembly contains four copper blocks 

fixing the heat pipe and serving as heat source and heat sink. 

Cartridge heaters were used to apply heat to the evaporator. The 

two copper blocks at the condenser are cooled by silicone oil 

flowing through cylindrical channels. The heat pipe is 

surrounded by components made of expanded polypropylene 

that serve as thermal insulation. To examine the heat pipe 

performance at different inclination angles, the heat pipe 

assembly is rotatably mounted within the aluminium framework. 

Thermocouples of type K were used to measure the temperature 

at the evaporator, adiabatic and condenser section of the heat 

pipe as well as the ambient temperature. The set-up and the 

sensor positions are illustrated in Figure 2. 

 

Figure 2 Experimental set-up for dynamic characterization of 

heat pipes and temperature sensor positions. 

Three heat pipes with different capillary structures – sinter, 

groove and screen-covered groove – were statically and 

dynamically tested by using the experimental set-up. The 

examined heat pipes exhibit a diameter of 8 mm and a length of 

300 mm. During dynamic testing, the heat pipe assembly moved 

cyclically along a distance of 300 mm at constant acceleration 

and deceleration of 5 m/s² and -5 m/s², respectively. While the 

heat pipe with sintered capillary structure demonstrated almost 

identical behaviour under static and dynamic condition, the heat 

pipes with grooves and screen-covered grooves exhibited strong 

differences. These differences were mainly observed at 

horizontal orientation of the heat pipe where the heat pipe axis is 

aligned along the direction of motion. The results for the heat 

pipes with grooves and screen-covered grooves are shown in 

Figure 3. It was found that the thermal resistance of the heat pipe 

with screen-covered grooves was reduced by about 20% during 

the dynamic measurements. However, stationary states could not 

be obtained for heating levels above 20 W while the heat transfer 

limit in static state was observed at about 50 W. The grooved 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 231 of 1061



  

  

heat pipe did not exhibit a significant influence of motion on the 

thermal resistance for heating levels less or equal than 40 W. For 

heating levels above 40 W however, the heat pipe could transport 

the heat properly only under motion. The heat transfer limit in 

dynamic state was found to be increased at least by a factor of 

five.  

 

Figure 3 Thermal resistance curves for heat pipes with screen-

covered grooves (top) and screen-less grooves (bottom) at 

horizontal orientation. 

 

 The results of the static and dynamic characterization 

demonstrate that heat pipes behave different when exposed to an 

unsteady acceleration field. It appears that a mesh within the heat 

pipe leads to a decreased operation range under translational 

acceleration along the heat pipe axis whereas heat pipes with 

screen-less grooves demonstrate a significantly broader 

operation range when translationally accelerated. The heat pipe 

with screen-less grooves was chosen for further investigations. 

EXPERIMENTAL INVESTIGATION OF A HEAT PIPE 
ASSEMBLY WITH HEAT SINK 

After the determination on the thermal resistance curves, the 

characterized heat pipes can be used to examine the behaviour of 

heat pipe based systems. The underlying approach of the 

presented investigations is to provide passive heat dissipation on 

moving assemblies such as in machine tools. Machine tools 

exhibit large surfaces that generally allow for high heat 

dissipation through convection. However, the surfaces close to 

the machine-internal heat sources are usually limited due to 

adjacent components. Consequently, the thermal capacities 

within the heat transfer path between the lossy component and 

the overall machine surface are charged leading to unwanted 

thermoelastic deformation fields. To increase the effective 

convective surface close to the internal heat sources, it is 

proposed to use heat pipes in combination with heat sinks. 

To evaluate the efficacy of such systems in machine tool 

environment, the heat pipe with screen-less grooves was chosen 

for further investigations on the linear motor set-up. These 

investigations aimed at the thermal characterization of an 

exemplary heat pipe assembly and further the evaluation of a 

reduced modelling approach. A heat sink was fabricated using 

wire cutting. The heat sink is made of aluminium alloy and 

exhibits an outer diameter of 88 mm, a length of 70 mm and a 

total surface of around 1616 cm². The heat sink is shown in 

Figure 4. 

 

Figure 4 Fabricated heat sink. 

The heat pipe assembly examined on the set-up is illustrated 

in Figure 5. Two thermocouples of type-K were attached to each 

the evaporator and condenser of the heat pipe. Another 

thermocouple was attached to the adiabatic section. The heat 

pipe assembly was tested statically and dynamically with 

conditions similar to the heat pipe characterization tests. 

 

Figure 5 Heat pipe assembly with heat sink. 

The results of the measurements are summarized in Table 1. 

The obtained thermal resistance values for the heat pipe 𝑅hp are 

found to be in good agreement to the characterization results 

described in the previous chapter. The thermal resistance 

between condenser and ambient air 𝑅sink,conv was found to be 

increasing at higher heat flows during the static measurements. 

This coincides with the general correlations describing the 

temperature dependence of the convective heat transfer 

coefficient for free convection. In contrast, 𝑅sink,conv was 

observed to be almost constant during dynamic measurements. 

Due to the increased convectional heat transfer under motion, the 

dynamic resistance 𝑅sink,conv was found to be decreased by at 

least 58%. Consequently, the maximum evaporator temperature 

in static state at 40 W of 89.1 °C was reduced to 53.4 °C under 

dynamic conditions. 
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Table 1 Experimental characterization of heat pipe assembly. 

Static measurement 

𝑄in      

in W 

𝑇eva – 𝑇con 

in K 

𝑅hp       

in K/W 

𝑇con – 𝑇amb   

in K 

𝑅sink,conv   

in K/W 

10 1.75 0.18 19.03 1.90 

20 2.05 0.10 35.50 1.77 

40 2.76 0.07 62.92 1.57 

Dynamic measurement 

𝑄in      

in W 

𝑇eva – 𝑇con 

in K 

𝑅hp       

in K/W 

𝑇con – 𝑇amb   

in K 

𝑅sink,conv   

in K/W 

10 2.34 0.23 6.50 0.65 

20 2.82 0.14 13.29 0.66 

40 3.48 0.09 26.58 0.66 

 

MODELLING OF HEAT PIPE BASED SYSTEMS 
Different approaches exist for the modelling of heat pipes. 

Computational fluid dynamics can be used to describe the 

internal fluid circulation and the pressure conditions inside the 

heat pipe in detail. However, the knowledge of the flow 

characteristics is usually not required for the design of heat pipe 

systems. As stated above, it is possible to model heat pipes by 

means of a thermal resistance network that can be further 

simplified into a single equivalent resistance. The thermal 

capacitance of the heat pipe container can be modelled as a single 

capacitance. A discretization into various capacitances is 

generally not necessary due to the high effective thermal 

conductivity of the heat pipe. In many cases it is convenient to 

also model the heat sink as a single capacitance. The conductive 

heat transfer within the heat sink as well as the convective heat 

transfer at the heat sink surface can be represented by two 

thermal resistances. This leads to a thermal resistance network 

representing the assembly as illustrated in Figure 6. 

 

Figure 6 Reduced thermal resistance representation of the heat 

pipe assembly with heat sink. 

 

This thermal resistance network can be integrated into finite 

element models using one-dimensional elements. The 

resistances can be implemented by unidirectional elements 

between two nodes. Such elements are generally characterized 

by a linear or nonlinear force-deflection curve in mechanical 

analyses. In thermal simulations the points of this curve 

represent heat flow versus temperature difference. For the 

modelling of the thermal capacitances, point elements can be 

applied. These elements represent a lumped thermal mass. 

 

Figure 7 Thermal finite element models with reduced thermal 

resistance representation of the heat pipe assembly with heat 

sink. 

 

This modelling approach was implemented within finite 

element software Ansys® Mechanical, Release 2021 R2. To 

account for the nonlinear behaviour of the heat pipe, the element 

type COMBIN39 was used [19]. This element type enables the 

definition of a nonlinear correlation between heat flow and 

temperature gradient. Therefore, the curves obtained by the heat 

pipe characterization can be directly applied to define the 

element behaviour. 

For the modelling of the heat pipe and heat sink capacitances, 

the element type MASS71 was used [19]. These point elements 

were applied to nodes between two COMBIN39 elements and 

are characterized by the copper capacitance of the heat source 

and the aluminium alloy capacitance of the heat sink. 

Two different models were implemented, as illustrated in 

Figure 7. Model A consists of the heat source and the heat sink 

discretized by three-dimensional elements and the heat pipe 

represented by two COMBIN39 elements and a MASS71 

element in between. The convective heat transfer on the 

insulation and heat sink surfaces was described by means of the 

convective heat transfer coefficient. In a first step, steady-state 

analyses were conducted to obtain the equivalent heat transfer 

coefficients that correspond to the measurement data. Under the 

simplification of equal coefficients for all surfaces, values 

between 2.9 W/(m² K) and 3.5 W/(m² K) were obtained for static 

state depending on the surface temperature. For the convective 

heat transfer coefficient in dynamic state a constant value of 

9.5 W/(m² K) was obtained. 

Model B exhibits a further reduction representing the heat 

sink as a single mass element. The heat transfer path from the 

heat pipe condenser through the heat sink to ambient air was 

represented by another COMBIN39 element parametrized by the 

values obtained in the characterization of the heat pipe assembly 

with heat sink. Figure 8 summarizes the simulation results in 

comparison with the measurement data. 
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Figure 8 Comparison of experimental and numerical results.  

The simulated temperatures of evaporator and condenser are 

found to be in good agreement with the experimental results. It 

can be seen that model A provides results with a higher overall 

precision than model B. The maximum error of model A for the 

considered load scenarios amounts to around 2 K, while the 

maximum error of model B amounts to around 6 K. For the static 

state, the simulated temperatures are mainly lower than the 

measured temperatures. The deviations between the numerical 

and experimental results for the dynamic state are smaller than 

the deviations for the static state. Potential sources of deviation 

are the estimated values for the thermal capacitances and the 

lumped representation of the heat sink in model B. 

The results demonstrate that the proposed simulation 

approach for heat pipe assemblies with heat sinks provides a 

convenient approximation of the transient behaviour. This 

applies especially for scenarios with moving assemblies where 

the overall thermal resistance within the system is low and local 

discretization of the components hence is not needed. By 

applying this method, the effect of the characterized assembly 

can be easily transferred to other systems without altering the 

three-dimensional mesh of the corresponding finite element 

model. This is beneficial especially in finite element models with 

a large number of elements such as machine tool models. 

Consequently, the presented simulation approach is a convenient 

tool during the design of passive thermal management systems 

based on heat pipes for the application in feed drives and other 

moving assemblies. 

CONCLUSION 
Heat pipe based systems provide a convenient way of passive 

heat transfer within moving assemblies. The method proposed in 

this paper is based on the thermal characterization of heat pipes 

under static und dynamic conditions. The information obtained 

through measurements on a linear motor based set-up allow for 

the precise prediction of the behaviour of corresponding systems. 

The results of the characterization of heat pipes with different 

wick structures demonstrate the complex motion influence on 

the heat pipe operation. 

The combination of a heat pipe and a heat sink was 

experimentally examined. The results were used to obtain the 

thermal resistance representing the conduction within the heat 

sink as well as the convection on the heat sink surfaces. 

Based on the experimental heat pipe and heat sink 

characterization, a simulation approach was presented 

combining three-dimensional finite element models with one-

dimensional thermal resistance networks. The use of nonlinear 

unidirectional elements allows for the direct implementation of 

the experimentally obtained resistance curves. The simulation 

results were found to be in good agreement with the 

measurement data. The proposed modelling approach can hence 

be used for the design of passive thermal management systems 

for moving assemblies such as in machine tools. 
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ABSTRACT 
Periodic open cellular structures (POCS) are a novel class of 

structured internals with favorable heat transfer properties and 

vast design freedom. To exploit their full potential, detailed 

knowledge of the influence of their geometry on their thermal 

and hydrodynamic transport properties is required. Therefore, 

the hypothesis that the heat transfer coefficient and pressure drop 

of POCS can be described as the superposition of the 

contributions of their respective strut arrangements is tested. For 

this purpose, the steady state flow of water through four different 

versions of cubic POCS is studied with numerical simulations. A 

comparison between the POCS and their corresponding strut 

arrangements shows pronounced similarities between the heat 

transfer and pressure drop in both geometries. This finding is 

used for the development of new physically founded models for 

the calculation of the heat transfer coefficient and pressure drop 

in POCS. They are based on the above-mentioned superposition 

approach and show a good agreement with the simulation data. 

Since the models are applicable to arbitrary unit cell geometries, 

they enable predictive calculations for new unit cell types in the 

future. Finally, the applicability of an analogy between heat and 

momentum transfer is tested. 

INTRODUCTION 
Additive manufacturing offers an enormous flexibility in 

designing new classes of e.g. mixers, reactors or structured 

internals [1; 2]. An example of such a new class is the group of 

periodic open cellular structures (POCS), which consist of a 

continuous solid and fluid network defined by a periodically 

repeated unit cell. Their geometry has a strong influence on their 

thermal and hydrodynamic transport properties making them a 

promising choice for catalyst carriers in chemical reactors [2; 3] 

or compact heat exchangers [4]. However, it is essential to have 

a detailed understanding of this geometrical influence to enable 

an efficient design process.  

For this reason, the convective heat transfer and pressure 

drop are studied in this contribution. Numerical simulations are 

used to analyse the steady state flow through four different 

versions of cubic POCS with varying unit cell dimensions. Their 

thermal and hydrodynamic properties are compared with 

unconnected strut arrangements to test the hypothesis that the 

heat transfer coefficient and pressure drop of POCS can be 

considered as a superposition of the contributions of their struts. 

Based on this, physically founded models for both quantities are 

introduced, which take into account the microstructure of the 

unit cell. 

NOMENCLATURE 

𝐴 [m²] Surface area 

𝐶Le [-] Lévêque proportionality factor 

𝑑 [m] Diameter of the struts 

𝐸 [-] Error 

𝑓Proj [-] Projection factor (see Eq. (6)) 

ℎ [W/m²/K] Heat transfer coefficient 

𝐻𝑔 [-] Hagen number 

𝑘 [W/m/K] Thermal conductivity 

𝐿B [m] Length of thermal boundary layer

𝑁 [-] Number 

𝑁𝑢 [-] Nusselt number 

𝑝 [Pa] Pressure 

∇𝑝 [Pa/m] Pressure gradient 

𝑃𝑟 [-] Prandtl number 

𝑅𝑒 [-] Reynolds number 

𝑠L [-] Non-dimensional longitudinal pitch 

𝑠T [-] Non-dimensional transversal pitch 

𝑆V [m²/m³] Specific surface area 

𝑇 [K] Temperature

𝑢0 [m/s] Superficial velocity 

𝑥Fric [-] Frictional fraction of total pressure drop 

Special characters 

𝜈 [m²/s] Kinematic viscosity 

𝜌 [kg/m³] Density 

𝜏 [Pa] Shear stress 

𝜙 [-] Temperature coefficient (see Eq. (2)) 

𝜓 [-] Porosity 

Subscripts 

Arr  Referring to the strut arrangement 

Cell  Referring to the unit cell 

F Referring to the fluid 

W  Referring to the solid surface 

Additionally, an analogy between heat and momentum 

transfer is checked. It relates the heat transfer coefficient to 

frictional forces in the flow and allows prediction of the heat 

transfer capability based on pressure drop data alone. The 

proportionality factor of this equation can be used to evaluate the 

performance of POCS and it is a useful tool for determining the 

heat transfer coefficient from simpler to perform pressure drop 

measurements. This approach is motivated by previous work of 
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our own [4], in which such a relationship was successfully 

demonstrated for different types of open cellular structures. 

GEOMETRY SPECIFICATION 
Due to its simplicity, a cubic unit cell was chosen as the 

starting point of this investigation. However, cubic unit cells are 

exceptional among POCS because of their channel-like flow 

properties [4]. To study a broader spectrum of unit cell 

geometries, which is more representative of other common unit 

cell types with a more tortuous structure, additional versions of 

the cubic cell (staggered, inclined and double inclined cubic 

cells) have been introduced as well. All four unit cells studied in 

this work are shown in Figure 1. 

 

 

Figure 1 Depiction of the cubic unit cells investigated in 

this work and definition of longitudinal and transversal pitches 

The staggered cubic cell comprises of a regular cubic cell 

with every second row of its struts being moved by half the unit 

cell dimension orthogonal to the main flow direction (x-Axis). 

Rotating the cubic cell 45 degrees about the y-Axis creates the 

inclined cubic cell. Another rotation about the z-Axis by 35.26 

degrees results in the double inclined cubic cell. The definition 

of the non-dimensional longitudinal 𝑠L and transversal pitches 𝑠T 

refers to the non-rotated cell, as shown in Figure 1. Their values 

were varied between 2 ≤ 𝑠L = 𝑠T ≤ 5 leading to porosities in 

the range of 59% < 𝜓 < 92%. The diameter of the struts was 

kept at a constant value of 𝑑 = 0.64 mm. In addition to entire 

unit cells, unconnected strut arrangements have been studied, as 

previous work has shown close similarities between the two 

types of geometries [5], which will also be exploited here.  

NUMERICAL METHOD 
Numerical simulations were used to analyse the single-phase 

flow fields in the unit cells mentioned before. The governing 

conservation equations for mass, momentum and energy were 

solved using the open source software OpenFOAM. Since this 

contribution focuses on laminar and steady state flows, its so-

called buoyantBoussinesqSimpleFoam solver was utilised with 

second order discretization schemes. Water was used as the fluid 

medium with constant physical properties at 𝑇 = 305.15 K 

resulting in a Prandtl number of 𝑃𝑟F = 5.2. No buoyancy effects 

were considered in this work.  

The periodicity of the porous structures was exploited to 

reduce the simulation volume and thus the overall computational 

effort of the simulations. Two unit cells along and one unit cell 

orthogonal to the main flow direction were sufficient to achieve 

a representative elementary volume. By implementing periodic 

boundary conditions, it became possible to calculate the 

hydrodynamically and thermally developed flow fields. 

Conventional periodic boundary conditions were applied on the 

boundaries orthogonal to the main flow direction, whereas a 

pressure and temperature gradient are necessary along the stream 

wise direction to ensure a continuous flow and heat transfer. 

Hence, boundary conditions were used similar to the suggestions 

of Beale and Spalding [6]:  

𝑝1 = 𝑝2 + Δ𝑝   (1) 

𝑇1 = (𝑇2 − 𝑇W) ∙ 𝜙 + 𝑇W   (2) 

During the simulation, the pressure drop Δ𝑝 and temperature 

coefficient 𝜙 were iteratively determined to achieve a certain 

fluid velocity and temperature (𝑇 = 298.15 K) at the inlet of the 

simulation volume. A no slip boundary condition and a constant 

temperature of 𝑇W = 313.15 K were defined on the surface of 

the solid phase.  

 

Validation of Numerical Models 

The impact of the numerical mesh on the target quantities of 

the simulations was investigated for several different unit cells. 

The results showed that a base cell size of 53 μm with a 

refinement by a factor of two near the solid surface and at least 

three layers led consistently to grid convergence indices [7] 

below 2 %. The iteration error was estimated with a method 

proposed by André Martins and Henrique Marchi [8]. By 

choosing a residual threshold of 10−8, errors lower than 0.1 % 

were consistently achieved.  

Unfortunately, the existing experimental data of POCS is not 

suitable for validation of the simulation results, since it was 

generated at higher Reynold numbers and therefore different 

flow regimes [9; 10]. However, a large number of data and 

correlations exists for unconnected strut arrangements because 

of their relevance for the design of shell and tube heat 

exchangers, which were studied for many decades [11–14]. The 

literature correlations and simulation results are compared in 

terms of the non-dimensional Nusselt 𝑁𝑢 and Hagen numbers 

𝐻𝑔: 

𝑁𝑢 =
ℎ∙𝐿C

𝑘F
  with 𝐿C =

𝜋∙𝑑

2
   (3) 

𝐻𝑔 =
∇𝑝∙𝐿C

3

𝜌F∙𝜈F
2  with 𝐿C =

𝜋∙𝑑

2
   (4) 

The Reynolds number is defined according to Eq. (5): 

𝑅𝑒 =
𝑢0∙𝐿C

𝜓∙𝜈F
  with 𝐿C =

𝜋∙𝑑

2
   (5) 
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The deviations between the simulation results and several 

correlations for staggered strut arrangements are presented in 

Figure 2. 
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Figure 2 Comparison between Nusselt (top) and Hagen 

(bottom) numbers obtained from numerical simulations and 

correlations [11–14]  

 

The simulation data exhibits absolute errors well below 30 % 

for the convective heat transfer (Nusselt number) and values 

lower than 40 % for the pressure drop (Hagen number). The 

mean absolute percentage errors are less than 20 % for each 

correlation shown, indicating very good agreement. For more 

details regarding the numerical method and its evaluation, the 

reader is referred to previous work [5].   

HEAT TRANSFER 
After validation of the numerical setup, it was used to analyse 

the convective heat transfer in the cubic unit cells previously 

depicted in Figure 1. The Reynolds number was varied in a range 

of 0.001 < 𝑅𝑒 < 30, which corresponds to the steady state 

laminar flow regime. Exemplarily, the data of cells with a non-

dimensional pitch of 𝑠L = 𝑠T = 5 are shown in Figure 3. The 

observations described below apply analogously to the other 

non-dimensional pitches.  

All cubic cells exhibit two distinct heat transfer regimes, 

which directly relate to the state of the thermal boundary layers 

[4; 5]. With decreasing Reynolds numbers, the boundary layer 

thickness increases until it reaches the size of the respective cell. 

In this state, the boundary layer is no longer dependent on the 

Reynolds number and the heat transfer is dominated by heat 

conduction (conduction dominated regime). As long as the 

thermal boundary layers are not limited by the size of the cell, 

their development depends on the flow conditions resulting in 

the observed variations of the Nusselt numbers at higher 

Reynolds numbers (steady state boundary layer dominated 

regime). The different slopes of the curves in the second heat 

transfer regime are attributable to the degree of fluid deflection 

occurring in each cell. The more tortuous the flow path (see 

Figure 4), the steeper is the observable curve progression.  
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Figure 3 Nusselt number against Reynolds number for all cubic 

cells studied in this work with 𝑠L = 𝑠T = 5. The results 

obtained from the proposed model (see Eq. (6)) are also shown 

 

 

Figure 4 Temperature field for all cubic cells studied in this 

work with 𝑠L = 𝑠T = 5 and a Reynolds number of 10 (1: cubic; 

2: staggered cubic; 3: inclined cubic; 4: double inclined cubic) 

 

Interestingly, similar interrelations were found for 

unconnected strut arrangements with longitudinal and 

transversal pitches equal to the distances of struts in the POCS. 

For example, an in-line strut arrangement has a flat Nusselt curve 

analogous to a cubic cell, whereas a staggered arrangement 

shows a steeper slope like the staggered cubic cell. Since this 

observation supports the hypothesis of superposition, an 

according modelling approach was developed revolving around 

this concept [5]: Each so-called equivalent strut arrangement 

present in a unit cell contributes to the overall heat transfer 

capability of the porous structure proportional to its share of the 

surface area. Consequently, two-thirds of a cubic unit cell are in-
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line struts and one-third inclined struts, which are oriented 

parallel to the flow. By summing up all contributions, it is 

possible to model the heat transfer coefficient of the entire unit 

cell resulting in Eq. (6): 

𝑁𝑢Cell = ∑ 𝑁𝑢𝑖 ∙
𝐴𝑖

𝐴Cell
∙ 𝑓Proj,𝑖

𝑁Arr
𝑖=1    (6) 

Additional effects caused by junctions of struts were 

considered by reducing the surface of the respective strut 

arrangement 𝐴𝑖. Furthermore, a projection factor 𝑓Proj,𝑖 had to be 

introduced for inclined struts. A detailed description of the 

model and its derivation is provided in [5]. The modelling results 

for each cubic POCS geometry with non-dimensional pitches of 

𝑠L = 𝑠T = 5 are included in Figure 3. The model is able to 

capture both heat transfer regimes and adequatly describes the 

different slopes in the steady state boundary layer dominated 

regime. Larger deviations are only visible for the staggered and 

double inclined cubic cells at the highest Reynolds numbers. 

These can be attributed to a changing velocity distribution in the 

POCS, which has no counterpart in the unconnected strut 

arrangements [5]. Nonetheless, the superposition model shows a 

very good agreement with the simulation results resulting in a 

mean average percentage error below 15 %.  

PRESSURE DROP 
Analogous to the convective heat transfer, the influence of 

the unit cell geometry on the pressure drop was investigated. 

Typically, pressure drop data in porous media is described with 

Ergun-Type [15] equations, which superimpose the so-called 

Darcy and Forchheimer regimes: 

𝐻𝑔 = 𝐶1 ∙ 𝑅𝑒 + 𝐶2 ∙ 𝑅𝑒2   (7) 

Within the Darcy regime, the pressure drop is linearly 

dependent on the Reynolds number due to the predominance of 

viscous forces in the flow. At higher Reynolds numbers, inertial 

forces become relevant, which exhibit a quadratic relationship 

between pressure drop and Reynolds number. To better 

distinguish both regimes, it is useful to plot the quotient of the 

Hagen and Reynolds number against the Reynolds number, as 

shown in Figure 5 for all cubic cell versions with non-

dimensional pitches of 𝑠L = 𝑠T = 5. 

The Darcy and Forchheimer regimes are easily discernible by 

the changing slopes observed in Figure 5. All cells remain in the 

Darcy regime up to a Reynolds number of roughly 𝑅𝑒 ≈ 1 and 

show similar absolute values of the pressure drop. Although each 

cubic cell has a different microstructure considering the main 

flow direction, their averaged geometric quantities like the 

porosity and specific surface area are the same. Apparently, the 

impact of the microstructure is very limited in the Darcy regime, 

whereas large differences are observable in the Forchheimer 

regime. The more tortuous the solid structure of the porous 

medium, the higher is the pressure drop and slope in Figure 5. 

This agrees well with the experimental results of Klumpp et al. 

[10], who investigated the flow through cubic cells with different 

orientations to the flow at even larger Reynolds numbers. 

Consequently, inertial forces appear to have a more pronounced 

dependency on the geometric structure of the unit cell than 

viscous forces. Nonetheless, none of the curves reaches a slope 

of one (staggered and double inclined cubic cells exhibit a slope 

of approximately 0.5) indicating that viscous forces are still 

relevant within the steady state laminar regime. 
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Figure 5 Quotient of Hagen and Reynolds number against 

Reynolds number for different unit cells with 𝑠L = 𝑠T = 5 

 

Corresponding observations were made for unit cells with 

smaller non-dimensional pitches, as exemplarily shown for a 

cubic and staggered cubic cell in Figure 6. A reduction of the 

unit cell dimension does not alter the curve progression, but it 

significantly increases the pressure drop, as the porosity of the 

unit cells is also reduced. This antiproportional relationship 

between porosity and pressure drop is common amongst porous 

media and was also observed for POCS by other authors [9; 10].  
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Figure 6 Comparison of the non-dimensional pressure drop 

between cubic cells and their corresponding strut arrangements 

 

In addition to POCS, the pressure drop of two of their 

equivalent strut arrangements are shown in Figure 6. Although 

the absolute values of the pressure drop differ, the curve 
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progressions of the in-line and the staggered structures are very 

similar in each case. Since this observation is analogous to the 

findings related to the heat transfer, the superposition hypothesis 

is also tested for the pressure drop. In contrast to the heat transfer 

coefficient, the pressure drop is related to the length of the unit 

cell along the stream wise direction instead of the surface area, 

when the Hagen number is used (see Eq. (4)). Therefore, it is 

sufficient to sum up the contributions of all the equivalent strut 

arrangements [5], which each flow path encounters throughout 

the unit cell. This leads to the following model equation: 

𝐻𝑔Cell = ∑ 𝐻𝑔𝑖 ∙ 𝑁𝑖
𝑁Arr
𝑖=1    (8) 

The number of each strut arrangement 𝑁𝑖 on a flow path is 

one for all unit cells except for the cubic cell. In this case, the 

flow passes through two in-line and one inclined arrangement. 

To make use of Eq. (8), mathematical functions for the non-

dimensional pressure drop 𝐻𝑔𝑖 are necessary. Therefore, the 

simulation data was utilized to derive a fit function in the form 

of Eq. (7) for each equivalent strut arrangement. The porosity, 

which is necessary for the determination of the Reynolds 

number, was calculated according to the following equation: 

𝜓Arr = 1 −
𝜋

4∙𝑠T
   (9) 

A comparison of the new pressure drop model with the 

simulation results of the POCS is provided in Figure 7. 

 

 

Figure 7 Comparison between Hagen numbers obtained from 

numerical simulations and values calculated with Eq. (8)  

 

The proposed model shows a good agreement with the 

simulation data over the entire investigated range of Reynolds 

numbers with a mean average percentage error of 16 % and a 

maximum absolute error of 40 %. The highest deviations are 

observable for the inclined cubic cell, whereas the lowest 

absolute errors are achieved for the double inclined cubic cell. In 

the Forchheimer regime (𝑅𝑒 > 1), the impact of the non-

dimensional pitches becomes apparent: The larger the pitches, 

the lower is the deviation between model and simulation. POCS 

with non-dimensional pitches of 𝑠L = 𝑠T = 2 exhibited the 

largest absolute errors with outliers reaching values of 80 %. 

Therefore, they were excluded from the comparison restricting 

the validity range of the model and the underlying superposition 

hypothesis to POCS with higher porosities (3 ≤ 𝑠L = 𝑠T ≤ 5). 

ASSESSMENT OF THE ANALOGY BETWEEN HEAT 
AND MOMENTUM TRANSFER 

The Generalized Lévêque Equation (GLE) provides a useful 

analogy between the shear stress and the convective heat transfer 

in various internal and external flow problems [16]. Its integral 

form (see Eq. (10)) was tested by Meinicke et al. [4] for open 

cellular structures, including irregular sponges as well as four 

POCS geometries.   

 ℎ = 𝐶Le ∙ √
𝜏∙𝑃𝑟F∙𝜌F∙𝑘F

3

(𝜌F∙𝜈F)2∙𝐿𝐵

3
   (10) 

Meinicke et al. [4] defined the thermal boundary layer length 

as 𝐿B = 𝜋 ∙ 𝑑/2 following established suggestions for the flow 

around cylinders [14]. The shear stress can be replaced with the 

frictional fraction of the pressure gradient divided by the specific 

surface area (𝜏 = 𝑥Fric ∙ ∇𝑝/𝑆V) leading to the following non-

dimensional relation for the Nusselt number: 

𝑁𝑢 = 𝐶Le ∙ √𝑥Fric ∙ 𝐻𝑔 ∙ 𝑃𝑟F ∙
2

𝑆V∙𝜋∙𝑑

3
   (11) 

Based on the simulation data, the proportionality factor of the 

GLE was determined for the cubic unit cells studied in this work. 

The results are presented in Figure 8. 
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Figure 8 Lévêque proportionality factor against Reynolds 

number for different cubic cells and non-dimensional pitches  

 

For the analogy to be valid and applicable, the Lévêque 

proportionality factor should approach a constant value, which is 

the case for larger Reynolds numbers. However, it grows as the 

Reynolds number decreases: The Nusselt number reaches a 

constant value above zero (see Figure 3), whereas the lower limit 

of the Hagen number is exactly this value. Consequently, the 

proportionality factor approaches infinity. Following the 

derivation of this analogy, it is only logical that its applicability 

is restricted to higher Reynolds numbers. It assumes that the 
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thermal boundary layers are much smaller than the 

hydrodynamic ones necessitating boundary layer reformation 

instead of fully developed boundary layers. 

Regarding the absolute values of the proportionality factor, 

large differences between the unit cell geometries are 

observable. The double inclined cubic cell exhibits the highest 

values indicating a favourable relation between convective heat 

transfer and frictional pressure drop. Staggered and inclined 

cubic cells have similar but lower values. However, the cubic 

unit cells show by far the smallest proportionality factors. 

Considering the influence of the non-dimensional pitches, no 

definite trend can be derived from the data available. In contrast, 

the ratio between the Nusselt and Hagen number increases 

monotonically with growing non-dimensional pitches for all 

cubic POCS studied. The geometrical influence of the unit cell 

on this ratio follows the same trend as the proportionality factor.  

For sufficiently high Reynolds numbers, the GLE enables the 

derivation of convective heat transfer coefficients from pressure 

drop measurements that are simpler to perform. However, to take 

full advantage of this analogy, further research is needed to 

determine the relationship between the unit cell geometry and 

the corresponding Lévêque proportionality factor.  

CONCLUSION  
Numerical simulations of the steady state flow of water 

through heated periodic open cellular structures (POCS) with an 

isothermal boundary condition were carried out. The convective 

heat transfer and pressure drop were studied for four versions of 

cubic POCS with non-dimensional pitches in the range of 2 ≤
𝑠L = 𝑠T ≤ 5. Two different regimes were observed for both heat 

transfer and pressure drop, each having different functional 

relationships between the corresponding non-dimensional 

number and the Reynolds number. The unit cell geometry has a 

strong impact on the results, especially at higher Reynolds 

numbers. The more tortuous its geometry, the higher are the 

Nusselt and the Hagen numbers in the steady state boundary 

layer dominated and Forchheimer regimes, respectively. An 

increase of the non-dimensional pitches reduces both quantities 

but has a negligible effect on the overall curve progressions. 

To test the hypothesis that the heat transfer coefficient and 

pressure drop of POCS can be described as the superposition of 

their struts, their thermal and hydrodynamic transport properties 

were compared with those of unconnected strut arrangements 

with corresponding geometries, which are referred to as 

equivalent strut arrangements. Since close similarities were 

observed, a new modelling approach was established that 

revolves around this concept of superposition. It adds up the 

contributions of all equivalent strut arrangements and shows a 

good agreement with the simulation results for geometries with 

𝑠L = 𝑠T ≥ 3, supporting the proposed superposition hypothesis. 

The models are very flexible and can be adapted to new unit cell 

geometries, enabling predictive calculations and facilitating an 

efficient design process of POCS in the future. 

Finally, the applicability of an analogy between heat and 

momentum transport was tested. It is valid for all geometries 

studied, but only at higher Reynolds numbers when a 

reformation of the hydrodynamic and thermal boundary layers is 

achieved. In such cases, this analogy is a useful tool to calculate 

convective heat transfer coefficients from easier to obtain 

pressure drop data. 

REFERENCES 
[1] C. Parra-Cabrera, C. Achille, S. Kuhn, R. Ameloot, 3D printing 

in chemical engineering and catalytic technology, Structured 

catalysts, mixers and reactors, Chemical Society reviews 47 (1) 

(2018) 209–230. 

[2] C. Busse, H. Freund, W. Schwieger, Intensification of heat 

transfer in catalytic reactors by additively manufactured 

periodic open cellular structures (POCS), Chemical 

Engineering and Processing: Process Intensification 124 (2018) 

199–214. 

[3] L. Fratalocchi, C. Giorgio Visconti, G. Groppi, L. Lietti, E. 

Tronconi, Intensifying heat transfer in Fischer-Tropsch tubular 

reactors through the adoption of conductive packed foams, 

Chemical Engineering Journal 349 (2018) 829–837. 

[4] S. Meinicke, K. Dubil, T. Wetzel, B. Dietrich, Characterization 

of heat transfer in consolidated, highly porous media using a 

hybrid-scale CFD approach, International Journal of Heat and 

Mass Transfer 149 (2020) 119201. 

[5] K. Dubil, T. Wetzel, B. Dietrich, Modelling steady-state 

convective heat transfer in different periodic open cellular 

structures (POCS) - A superposition approach, submitted to 

International Journal of Heat and Mass Transfer (2022). 

[6] S. B. Beale, D. B. Spalding, Numerical study of fluid flow and 

heat transfer in tube banks with stream-wise periodic boundary 

conditions, Transactions of the CSME 22 (4A) (1998) 397–416. 

[7] P. J. Roache, Perspective: A Method for Uniform Reporting of 

Grid Refinement Studies, Journal of Fluids Engineering 116 (3) 

(1994) 405. 

[8] M. André Martins, C. Henrique Marchi, Estimate of Iteration 

Errors in Computational Fluid Dynamics, Numerical Heat 

Transfer, Part B: Fundamentals 53 (3) (2008) 234–245. 

[9] N. F. Bastos Rebelo, K. Anne Andreassen, L. I. Suarez Ríos, J. 

C. Piquero Camblor, H.-J. Zander, C. A. Grande, Pressure drop 

and heat transfer properties of cubic iso-reticular foams, 

Chemical Engineering and Processing: Process Intensification 

127 (2018) 36–42. 

[10] M. Klumpp, A. Inayat, J. Schwerdtfeger, C. Körner, R. F. 

Singer, H. Freund, W. Schwieger, Periodic open cellular 

structures with ideal cubic cell geometry, Effect of porosity and 

cell orientation on pressure drop behavior, Chemical 

Engineering Journal 242 (2014) 364–378. 

[11] A. Žukauskas, Heat transfer from tubes in crossflow, in: 

Advances in heat transfer, Elsevier, Amsterdam (1972) 93–160. 

[12] Engineering Sciences Data Unit, Convective heat transfer 

during crossflow of fluids over plain tube banks, ESDU Data 

Item No. 73031, London (1973). 

[13] A. J. Fowler, A. Bejan, Forced convection in banks of inclined 

cylinders at low Reynolds numbers, International Journal of 

Heat and Fluid Flow 15 (2) (1994) 90–99. 

[14] Verein Deutscher Ingenieure, VDI-Wärmeatlas, Springer 

Vieweg, Berlin, Heidelberg (2013). 

[15] S. Ergun, A. A. Orning, Fluid Flow through Randomly Packed 

Columns and Fluidized Beds, Industrial & Engineering 

Chemistry 41 (6) (1949) 1179–1184. 

[16] H. Martin (2005), The Léveque-Analogy or how to predict heat 

and mass-transfer from fluid friction, HEFAT 2005, 4th 

International Conference on Heat Transfer, Fluid Mechanics 

and Thermodynamics, September 19 - 22, 2005, Cairo, Egypt. 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 241 of 1061



COMPARATIVE ANALYSIS OF DIFFERENT STRATEGIES EXPLOITING THE 

ADJOINT TOPOLOGY OPTIMIZATION METHOD FOR ENHANCING THE 

PERFORMANCE OF A COOLING DEVICE EQUIPPED WITH MICRO-CHANNELS 

Difonzo R.1,*, Cammi A.2, Laqua H.3 and Savoldi L.1 

*Author for correspondence
1 

Dipartimento Energia “Galileo Ferraris”, Politecnico di Torino, Torino, 10129, Italy 
2 

Dipartimento di Energia, Politecnico di Milano, Milano, 20133, Italy 
3 

Max-Planck-Institute for Plasma Physics, Greifswald, Germany 

E-mail: rosa.difonzo@polito.it

ABSTRACT 
An array of micro-channels in parallel connected by Z-

manifold, under consideration for the cooling of MW-class 

gyrotron cavities for fusion applications, is analyzed here. The 

micro-channels should allow the removal of a very non-uniform 

heat load, which can reach a peak up to 25 MW/m2. The adjoint 

topology optimization method is applied to the manifold regions. 

In the first case study, the micro-channels are not equally spaced 

but rather distributed and a uniform flow distribution in the 

micro-channels is targeted. In the second case study, a uniform 

micro-channels distribution is considered, but a flow rate 

distribution shaped to follow the heat load is targeted. The results 

suggests that a uniform flow repartition among the channels is 

more easy to achieve with respect to the non-uniform one, which 

would possibly require some additional modification of the 

channel geometry, on top of the shaping of the manifolds. 

NOMENCLATURE 

C [-] Cost function 
HTC [W/m2K] Heat transfer coefficient 

�̇� [kg/s] Mass flow rate 

∆𝑝 [Pa] Pressure drop 

�̇� [W/m] Power per unit length 

�̈� [W/m2] Heat load 

T [K] temperature 

Special characters 

𝛼 [-] weight 

𝜒 [-] Material indicator for the adjoint problem 

Subscripts 

in inlet 

out outlet 

INTRODUCTION 
In the context of the fusion machines relying on magnetic 

confinement, such as tokamaks [1] or stellarators [2], the 

capability to manage the high heat flux released to some 

components is a major challenge. One of these components is the 

resonant cavity of MW-class gyrotrons [3], electron tubes used 

to generate microwaves driven into the vacuum vessel for the 

plasma heating and current drive [4]. In the resonant cavity, 

constituted by a hollow cylinder with a suitable inner profile [5], 

the large amount of ohmic heat deposited on the inner wall 

reaches up to 25 MW/m2 [4] with a very inhomogeneous 

longitudinal distribution (see Figure 1), causing a cavity 

deformation which results in a reduction of the gyrotron 

efficiency [6]. Moreover, the induced thermal stress could 

exceed the yield strength, leading to plasticization of the material 

and permanent deformation, leading again to loss of efficiency. 

For these reasons, an efficient cooling of the outboard side of the 

cavity is necessary, and it is typically carried out using subcooled 

water in forced-flow. Several technological solutions have been 

studied until now for the European Gyrotrons for ITER, such as 

the Raschig Rings [7], a porous structure that mainly increases 

the heat transfer surface, or longitudinal mini-channels [8], [9], 

that leads to an increase in the heat transfer coefficient by 

increasing the coolant Reynolds number. The mini-channels 

showed a better cooling capability, if compared to the Raschig 

rings [10], but they still show problems related to stresses 

overcoming the yield strength of the material of the cavity. More 

recently, a proper shaping of the thickness of the water annular 

channel around the cavity has been computed with the aid of an 

evolutionary algorithm targeting the minimization of the radial 

displacements on the cavity inner wall, constrained to the 

Figure 1 Sketch of a gyrotron cavity. 
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maximum tolerable level of stress, but its manufacturability is 

still under investigation [11]. 

A new cooling solution is currently under study, using 

azimuthal micro-channels surrounding the cavity in several 

arrays in parallel, see Figure 2. The micro-channels in each array 

are fed by longitudinal manifolds, in a Z-type arrangement [12]. 

It is known from experimental and numerical investigations that 

in such manifold configuration the flow is larger in the channels 

near the outlet [13], which corresponds to the region of the heat 

load tail, see Figure 1, in the case the manifold has a constant 

cross section along its length, as the case at hand. As a 

consequence, the heat removal is sub-optimal at the location of 

the heat load peak and much more effective downstream of the 

peak, leading to temperature gradients. However, from previous 

studies we learnt that the flattest the temperature axial profile 

along the cavity is, the lowest the stresses are. For that reason, it 

is important to have a cooling capability of the cavity which 

follows the heat load shape, with the consequent need for the 

optimization of the flow distribution among the micro-channel 

along the cavity. The shaping of the manifold has been already 

identified as an efficient way to balance the flow distribution 

among the parallel channels. In [13], for instance, a linear 

tapering of the manifolds was demonstrated to allow an almost 

uniform flow repartition among a series of equally-spaced 

channels. A similar effect is achieved in [14] using triangular 

manifolds.  

 
Figure 2 Pre-conceptual design of cavity cooling concept by 

parallel flow distribution through micro-channels 

 

In the case at hand, however, the flow within the micro-

channels in parallel should be non-uniform if equally-spaced 

channels are used, in view of the strongly non-homogeneous heat 

load the coolant should remove. If a uniform flow distribution 

among channels is targeted, then the channel density should be 

adapted to the heat load shape. Simply tapered or triangular 

manifolds as those used in [12] and [13] cannot comply then with 

the flow rate or channel distribution for the case at hand, 

requiring a dedicated optimization of the inlet and outlet 

manifold geometry.  

The adjoint topology optimization strategy has been selected 

here for the design optimization, using the commercial software 

STAR-CCM+ [15] which has recently implemented adjoint 

topology optimization solver. The optimization itself is 

performed on the manifold geometry in order to control the flow 

rate distribution in the micro-channels. Two different strategies 

are adopted. In the first one, the channels density along the 

manifold is modified according to the heat load shape (Case A, 

“equally-loaded channels” see Figure 3a), while the manifold 

geometry is optimized in order to have a homogeneous 

distribution of the flow rate in the channels. In the second 

strategy, a homogeneous distribution of the micro-channels 

along the manifolds is retained (Case B, “equally-spaced 

channels”, see Figure 3b), and the manifold geometry is 

optimized to get a flow rate distribution suitable to cope with the 

heat load shape. The aim of this comparative study is first the 

assessment of the best optimization procedure that, using the 

adjoint topology optimization and the whished flow rate 

distribution in the micro-channels as the target function, allows 

reaching the desired results in terms of cooling. Second, the 

comparative analysis of the two strategies aims at identifying the 

solution which could be more suitable to be manufactured with 

additive manufacturing technologies.  

(a) 

 (b) 

 
Figure 3 Different alternatives for a longitudinal array 

equipped with micro-channels: (a) equally-loaded channel 

configuration, (b) equally-spaced channel configuration, (c) 

simplified (2D) equally-loaded channel configuration, (d) 

simplified (2D) equally-spaced channel configuration. In (c) 

and (d) the Topology Optimization Region is highlighted with 

the red dashed line. 

 

ADJOINT TOPOLOGY OPTIMIZATION STRATEGY 
The Adjoint Topology Optimization (ATO) method is a 

gradient-based optimization method and in particular is a 

transformation of the direct sensitivity approach. While a direct 

sensitivity approach uses sensitivities to understand how to 

change the design variables to minimize the cost function, 
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requiring to solve as many linear sets of equations as the number 

of design variables, using the adjoint equations the solution of 

only one linear system for each cost function is required, 

independently on the number of design variables. Both methods 

result in the same values of the final derivatives at the end, but 

the adjoint one is less computational expensive if only one cost 

function is present with several design variables. A detailed 

description of the theory behind this approach is reported in [16].  

In the last decades ATO has been applied to optimization 

problems in several fields such as structural problems [17], fluid 

dynamics [18] and heat transfer problems [19]. A comprehensive 

analysis of the state of the art of the application of adjoint 

methods to fluid-based problems, such as the one at hand, is 

reported in [20]. The method is used in fluid-dynamics problem 

with the aim of determining the material distribution (solid/clear 

fluid) within a given computational domain, subject to a pre-set 

cost function (for instance the minimization of the pressure drop 

between two surfaces). Starting from a given computational 

domain just occupied by a fluid, the optimizer adds a solid phase 

and varies its distribution 𝛷 within the available surface (in 2D) 

or volume (in 3D) in such a way that the optimization objective 

is minimized (or maximized). The solver adopted here can 

handle a single objective optimization problem with constraints, 

such as for instance the minimum Solid Volume Ratio (SVR) 

allowed in the optimization. During the optimization process, the 

solid phase is treated as a porous media (with a very small 

porosity), by adding a source term to the momentum equation, 

forcing then the velocity to zero in the solid domain (through the 

so-called “Brinkman Penalization”). 

In Figure 4 the work-flow of the ATO algorithm is shown. 

The initial computational domain (filled only by the fluid phase) 

is first analysed numerically and a first flow field is computed 

with a coarse grid. Then the objectives and constraints 

sensitivities are computed using the adjoint method. The design 

variable (in this case the solid phase distribution 𝛷) is updated 

using a gradient-based optimizer (the Generalized Minimal 

Residual Method is used in STAR-CCM+) and the new problem 

is solved computing again the flow field. The procedure is 

repeated for a number of iterations, until the value of the 

objective function stabilizes. Then the geometry is cleaned 

(manually) from the portion of the domain that has been attribute 

to the solid, a CFD simulation is run to check the global 

performance of the new geometry with respect to the target, and 

the ATO procedure is restarted if needed. 

The computational domain is shown in Figure 3c-d. To 

reduce the computational cost of the optimization process it is 

performed on a 2D model. Moreover, this choice allows to 

eliminate a degree of freedom in the azimuthal direction, which 

means that the final optimized solution is forced to be 

axisymmetric to reduce complexity in terms of 

manufacturability. The manifolds constitute the Topology 

Optimization Region of our optimization problem. More 

precisely that region is individuated by the red dashed lines in 

Figure 3c-d. The solid phase is allowed to grow only from the 

boundaries, i.e. near already existing solid spots. 

The aim of the optimization is to obtain a target flow rate 

distribution by varying the geometry of the manifolds, the 

dimensions of which represent the design variables of our 

optimization problem. Moreover, the target flow rate distribution 

should be obtained while keeping the pressure drop as low as 

possible. The cost function 𝐶 of the optimization problem has 

been built in order to meet both these requests and is defined with 

Eq. 1. In the equation �̇�𝑑𝑒𝑣𝑖𝑎𝑡𝑖𝑜𝑛 is defined as the sum of all the 

differences between the target flow rate �̇�𝑡𝑎𝑟𝑔𝑒𝑡 𝑖
 and the 

obtained one with the optimization �̇�𝑖, in each channel 𝑖, with 

Eq. 2, where N is the total number of channels . The coefficient 

𝛼 is used to weight the importance of the flow deviation in the 

cost function and has been set to 10-6 from preliminary analyses. 

𝐶 = ∆𝑝 + 𝛼�̇�𝑑𝑒𝑣𝑖𝑎𝑡𝑖𝑜𝑛   (1) 

�̇�𝑑𝑒𝑣𝑖𝑎𝑡𝑖𝑜𝑛 = ∑ 𝑎𝑏𝑠(𝑚𝑖̇ − �̇�𝑡𝑎𝑟𝑔𝑒𝑡 𝑖
)𝑁

𝑖=1  (2) 

 

Case A: equally-loaded channels 

A first optimization study has been performed in the case the 

distance among the 17 channels is adjusted to guarantee that each 

channel removes in principle the same heat, with the same 

temperature increase at the outlet. The resulting channel density 

is shown in Figure 3a, where the minimum distance between 

 
Figure 4 Work-flow of the adjoint topology optimization 

algorithm. 

 

Run topology
Optimization

Solve Initial Flow

Solve Adjoint

Optimization 
iteration <

Solve Flow

Stop

 

Figure 5 Target flow rate distribution in the micro-

channels, for the equally-spaced configuration. 
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adjacent channels is kept at 1 mm, assumed as the minimum 

distance that can be manufactured using Additive Manufacturing 

techniques. 

 

Case B: equally-spaced channels 

The second optimization study has been performed in the case of 

17 equally-spaced channels, imposing the target flow rate 

distribution such as to give the same temperature increase at the 

channel outlet. The target flow rate values have been obtained 

starting from the heat flux �̈� integrated on the longitudinal 

portion of the cavity cooled by each channel, according to Eq. 3. 

A dependence of the heat transfer coefficient in the micro-

channels on the Reynolds number, as in the Dittus-Boelter 

correlation, was assumed, see Eq. 4, so that the resulting flow. 

The resulting target flow rate distribution in shown in Figure 5, 

where the dependence of the target flow rate coming from Eq. 5 

is retrieved. 

�̇�𝑖 = ∫ �̈�𝑑𝑙 ~ 𝐻𝑇𝐶𝑖   (𝑇𝑜𝑢𝑡 − 𝑇𝑖𝑛)~�̇�𝑖
4/5 (𝑇𝑜𝑢𝑡 − 𝑇𝑖𝑛) (3) 

�̇�𝑖 ≈ (�̇�𝑖)
5/4

   (4) 

 

PRELIMINARY OPTIMIZATION RESULTS 
Both configurations have been optimized considering the 2D 

simplified geometry in Figure 3c-d. Laminar flow is considered 

in the micro-channels, as resulting from preliminary simulations 

with the nominal mass flow rate of 1.34e-3 kg/s (corresponding 

to 0.0181 kg/s in the 3D geometry) of subcooled water with 

constant thermophysical properties. To allow for transition 

regime in the manifolds, the − SST -transition model has 

been adopted in the simulations. In both cases, a reference CFD 

simulation has been performed for the initial configurations, to 

evaluate distance between the non-optimized mass flow rate 

distribution and the target one. A Key Performance Indicator 

(KPI) has been defined to measure the performance of the 

optimization procedure, defines as in Eq. (5). 

 

KPI = √∑ (�̇�𝑖 − �̇�𝑡𝑎𝑟𝑔𝑒𝑡,𝑖)
2𝑁

𝑖=1  /𝑁  (5) 

 

In order to check if the optimization is forcing the flow where 

it is expected, according to the target, a second set of simulations 

has been performed on the two manifolds separately, imposing 

as boundary condition exactly the target mass flow rate 

distribution in the middle of the micro-channels, and identifying 

the resulting streamlines. 

 

Case A: equally-loaded channels 

For case A, the first two steps of the optimization are reported 

in terms of the material indicator 𝛷 in Figure 6a-b. The region of 

the manifolds filled with solid after the first optimization (Figure 

6a) are used as a guideline to reduce the optimization region in 

the second optimization step, which highlights the need for a 

careful shaping of the tapering of the inlet manifold. The result 

of the second optimization presents some porous zones 

(intermediate values of the material indicator) among the 

channels in the outer manifold, which makes a direct engineering 

design not straightforward. By lessons learned from literature 

and by the comparison with the streamlines computed in the inlet 

manifold when the target flow rate is imposed as boundary 

condition (Figure 7) the final geometry shown in Figure 6c has 

been drawn. Note that the inlet manifold tapering, beginning at 

the axial location of the first channel show a variable slope, the 

closer the channels the bigger the slope. The final thickness of 

the inlet manifold is reduced to a value comparable to the 

channel width, to ensure manufacturability. Also, in the outer 

manifold the large recirculation zone between the first and the 

second channel is somewhat corresponding to the area that is 

already removed after the first optimization. 

 

 

Figure 6 Case A: ATO results: (a) first iteration, (b) second 

iteration, (c) final configuration. The flow in all figures is from 

left to right. 

 

 

Figure 7 Case A: streamlines computed in the original 

geometrical configuration, separately for the inner (a) and outer 

(b) manifold, imposing a uniform flow rate in the micro-

channels. The flow is from left to right. 

 

The effect of the optimization on the flow rate distribution is 

shown comparatively for the non-optimized and final 

configurations in Figure 8a, showing a significant improvement 

toward the target distribution, with a maximum relative 

difference between the actual value and the target reducing from 

40% to 20%. The efficacy of the new optimized configuration is 

verified on a 3D geometry and the flow rate distribution is shown 
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in Figure 9b, where a behaviour similar to the 2D one can be 

observed, demonstrating the validity of the method where the 

optimization is conducted on a 2D geometry. 

The KPI for the final configuration is 1.32 × 10−4 𝑘𝑔/𝑠, 

while the value for the non-optimized configuration was 

2.33 × 10−4 𝑘𝑔/𝑠. The total pressure drop is 0.027 𝑏𝑎𝑟 for the 

initial configuration and 0.03 𝑏𝑎𝑟 for the final one. 

 

Case B: equally-spaced channels 

For case B, the first two steps of the optimization, reported in 

terms of the material indicator 𝛷 in Figure 8a-b, show the 

formation of very thin passages for the fluid in the outlet 

manifold. In the second configuration (Figure 8a) the first 

channel is not even directly connected to the rest of the fluid 

domain but through a very small porosity. This is an effect of the 

very uneven flow distribution requested by the cost function 

(Figure 5) where the first and last channels should allow the 

passage of a very small flow rate.  

 

 

Figure 10 Case B: streamlines computed in the original 

geometrical configuration, separately for the inner (a) and outer 

(b) manifold, imposing a uniform flow rate in the micro-

channels. The flow is from left to right. 

 

The geometry after the first two optimization steps is shown 

in Figure 8c, showing this time a significant difference with 

respect to what was obtained from the separate analysis of the 

two manifolds, imposing the target flow rate as boundary 

condition (Figure 10).  

From the analysis of the flow path connecting the first and 

last channels to the manifold main stream in Figure 10 it appears 

clear that the low flow rate there requires a tortuous fluid path, 

with narrow channels, which develops however in regions that 

the ATO tends to fill with solid.  

The result of the optimization in terms of flow repartition in 

the channels for Case B is reported in Figure 11. While the non-

optimized configuration shows the typical increasing trend 

expected form the Z-manifold configuration, in the optimized 

configuration the flow in the first and last channels tends to be 

lower than in the middle of the array. However, the flow 

reduction at both ends is far from being comparable to the target 

values, and that affects the flow rate in the central channels, 

which is much lower (∽50%) than the target. 

Note that both geometries (the one coming form the result of 

the optimization and the one which could be drawn following the 

streamlines) appear very hard to by manufactured in view of the 

very articulated and thin flow passages.  

The KPI for the final configuration is 7.95 × 10−4 𝑘𝑔/𝑠, 

while the value for the non-optimized configuration was 

9.36 × 10−4 𝑘𝑔/𝑠. The total pressure drop varies from a value 

of 0.027 𝑏𝑎𝑟 in the initial configuration to 0.023 𝑏𝑎𝑟 in the final 

optimized one. 

 

 

Figure 8 Case B: ATO results: (a) first iteration, (b) second 

iteration, (c) final configuration. The flow in all figures is 

from left to right. 

 

 

Figure 9 Case A: flow rate distribution computed for the 

non-optimized and final configuration in the 2D (a) and 3D 

geometry. 

. 
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DISCUSSION AND PERSPECTIVE 
The comparison between the two configurations analysed 

here shows how a uniform flow repartition among a series of 

micro-channels connected in parallel to Z-manifold is easier to 

be addressed than an uneven one using the Adjoint Topology 

Optimization technique, notwithstanding despite the non-

uniform spacing of the channels. When a non-uniform flow 

distribution is targeted, indeed, the flow streams at the inlet and 

outlet of the channels become very narrow and difficult to be 

drawn out of the optimization process. From one other side, they 

also would become very hard to be manufactured. In the case of 

uniform flow distribution target, on the contrary, the optimized 

geometry of the manifolds appears relatively easy, and in line 

with the expectations from simple CFD analysis. 

In the present study, the optimization has been performed on 

2D geometries, allowing a reduction of the computational cost. 

The results obtained on the Case A has been cross-checked on 

the original 3D geometry (Figure 3b), showing similar flow rate 

distribution. A thermal study, to verify the efficacy of the 

optimized geometry in terms of cooling, should be performed. 

After that, the targeted flow distribution in case B could be 

pursued by optimizing separately the height of the different 

channels, rather than (or in addition to) shaping the manifolds. 

The same technique could be used to push the flow distribution 

for case A to an even better compliance with the target. 
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Figure 11 Case B: flow rate distribution computed for the 

non-optimized and final configuration. 
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ABSTRACT 
The condensation heat transfer has been widely used for 

heat exchangers for its high heat transfer capability. In 

particular, the condensation heat transfer has been widely 

utilized for passive containment cooling system (PCCS) of a 

nuclear power plant, which depressurize the containment 

building when no electricity is available. For its importance 

when analyzing the safety of the nuclear power plant, 

validation of condensation heat transfer should be made. The 

CUPID code, which is developed at KAERI, is a code to 

simulate transient two-phase flow in nuclear power plants. The 

CUPID code supports three condensation models: a resolved 

boundary layer approach (RBLA), a heat and mass transfer 

analogy method (HMTA) using standard wall function and the 

Uchida correlation. Although CUPID has been used for 

simulating the containment atmosphere with PCCS, the 

validation of the CUPID code and the assessment of three 

condensation models are limited to the forced convection 

conditions, particularly using COPAIN test. However, as the 

containment atmosphere is in natural convection condition 

when PCCS operates, the condensation heat transfer models 

should also be validated in natural convection condition. In this 

study, the condensation models in the CUPID code were 

assessed for both forced convection and natural convection 

condition. The assessment of models in forced convection 

condition was conducted by benchmarking COPAIN test, while 

the assessment of models under natural convection condition 

was conducted by benchmarking the test we conducted. forced 

convection condition, the RBLA model provided best 

estimation of condensation heat flux, while the Uchida model 

provided least accuracy. The HMTA model showed reasonable 

accuracy, yet it had weakness when the injection velocity was 

lower. For natural convective heat transfer, the accuracy of the 

models were decreased. The RBLA and Uchida model provided 

similar accuracy, although the models significantly 

underestimated the heat transfer coefficient. The HMTA model 

severely underestimated the heat transfer coefficient. From the 

comparison of the condensation models in forced and natural 

convection condition, it can be concluded that the condensation 

models should be well chosen according to the convection 

regimes. 

INTRODUCTION 
The passive safety features of the nuclear power plant 

(NPP) are under development to cope with accidents such as 

station black out. The passive containment cooling system 

(PCCS), which depressurize containment using condensation 

phenomenon [1], is under development for various next-

generation NPPs. The development of the PCCS requires a 

high-precision condensation model so that the performance of 

the PCCS, including its effect on containment atmosphere, can 

be precisely assessed.  

Korea Atomic Energy Research Institute (KAERI) is 

developing an in-house component-scale and CFD-scale code, 

CUPID, to analyse the transient two-phase flow in NPPs. The 

application of the CUPID includes the analyses of the 

containment atmosphere in accident condition, and the 

assessment of the PCCS performance. The CUPID code 

includes three condensation models, a mechanistic model, a 

heat and mass transfer analogy method and an empirical 

correlation is also used for simpler assessment. The mechanistic 

model calculates the condensation rate using the actual gradient 

of the steam concentration near the wall, while the HMTA 

model calculates condensation rate from the application of heat 

and mass transfer analogy on the well-known heat transfer 

models.  For the empirical correlation, Uchida correlation [2] 

had adopted.  

Validation of such models and comparison of three 

condensation models were also conducted in a few studies [3, 

4]. The condensation models were validated using the 

experiments with vertical condensing plate, such as COPAIN 

[5] and CONAN [6]. As COPAIN and CONAN experiments

injects steam-air mixture with a specified velocity, a majority

of experiment conditions were in forced convection condition.

Although the atmosphere in the containment in accident

condition is maintained under free convection condition, the

validation of condensation models for free convection

conditions were not done widely, Therefore, in this study, we

validated three condensation models to the experiment under

natural convection condition which we conducted. In addition,

for comparison purpose, we also conducted a benchmark with

the COPAIN experiment, in particular with that under forced

convection condition.
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NOMENCLATURE 
 
Awall [m2] Area of wall 

D [m2
/s] Diffusion coefficient 

E [-] Empirical constant (9.793) 

h [W/m2-K] Heat transfer coefficient 
hm [m/s] Mass transfer coefficient 

n [-] Number of data 

k [W/m-K] Thermal conductivity 
P [bar] Pressure 

T [K] Temperature 
Vcell [m3] Volume of cell next to wall 

W [-] Mass fraction 

Y+ [-] Wall Y+ value 
 

Special characters 

κ [-] von Kármán constant (0.4187) 

ρ [kg/m3] Density  

Γ [kg/m3-s] Volumetric condensation rate 

 

 

Subscripts 
i  Film-gas interface 

s  Steam 
w  Wall  

∞  Bulk region 

 

COONDENSAION MODELS IN CUPID 
The CUPID code consists of three condensation models, a 

Resolved Boundary-Layer Approach (RBLA), a Heat and Mass 

Transfer Analogy method (HMTA), and an empirical 

correlation. The RBLA model calculates the condensation heat 

transfer as follows: 
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As shown in Eq. (1), the RBLA model calculates the 

condensation rate based on the gradient of the vapor mass 

fraction in the vicinity of the condensing wall. Therefore, for a 

precise calculation, a fine mesh which has Y+ value less than 5, 

is required. The HMTA model is as follows: 
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The HMTA model uses a wall function to calculate the heat 

transfer coefficient and applies the heat and mass transfer 

analogy to obtain the mass transfer coefficient. Due to the 

usage of the wall function, the HMTA model requires a coarse 

mesh, which has a Y+ value larger than 30. The final model is 

the Uchida model, which is expressed as: 
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=  

− 
     (4) 

As the Uchida correlation is provided as a form of heat 

transfer coefficient, the condensation rate is calculated using 

the bulk-wall temperature difference and specific enthalpy.  

 

VALIDATION OF CONDENSATION MODEL 
The condensation models were assessed by benchmarking 

the COPAIN test [5] and the experiment we conducted.  

 

COPAIN test 

The COPAIN test was conducted by CEA to investigate the 

condensation heat transfer in presence of noncondensable gas 

on a vertical plate. The test section is 2.5 m in height, 0.6 m in 

width and 0.5 m in depth, and the condensation occurred on a 

vertical plate which has 2-m in height and 0.6-m in width. The 

steam-air was injected at the top test section, with a specified 

velocity. Most of the test conditions were in a forced 

convection regime. The schematic of the COPAIN test and the 

grids used for the COPAIN test are shown in Figure 1. The test 

conditions are shown in Table 1. 

 

Figure 1 (a) Geometry of COPAIN test (b) mesh for RBLA 

model (C) mesh for HMTA and Uchida model  

 

Note that two types of meshes were used to simulate the 

COPAIN test, due to the differences in the requirement of Y+ 

value of condensation models. The Y+ of the RBLA model was 

about 5, and the Y+ of the HMTA and Uchida model were 

about 28.  
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Table 1. Test conditions of the COPAIN test 

 
Velocity 

(m/s) 

Pressure 

(bar) 

Subcooling 

(K) 

NC gas 

mass 

fraction 

P0441 3 1.02 45.83 0.767 

P0443 1 1.02 52.27 0.772 

P0344 0.3 1.02 51.83 0.773 

 

Table 2. Mean absolute percentage error of COPAIN test 

simulation 

 RBLA HMTA Uchida 

P0441 0.0683 0.0424 0.1008 

P0443 0.1181 0.2064 0.6770 

P0344 0.3334 0.4413 0.1053 

Average 0.1732 0.2300 0.2943 
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Figure 2 Benchmark result of COPAIN test (top) P0441 

test, (middle) P0443 test, (bottom) P0344 test 

 

The COPAIN test simulation results are shown in Figure 2. 

The condensation heat flux, which can be obtained from the 

volumetric condensation rate (Γ) by dividing it by area, was 

used for comparison. It can be seen in the Figure 2 that the 

RBLA model best predicts the condensation heat flux along 

with the height of condensing plate. on the other hand, the 

HMTA model and Uchida model generally underestimated the 

condensation heat flux. The mean absolute percentage error 

(MAPE) was calculated as 

( )exp

1

/ /
n

simulated simulated

i

h h h n
=

−  and shown in Table 2. On 

average, the RBLA model showed the lowest MAPE, which 

indicates that the RBLA model best predicted the condensation 

heat flux. Although the Uchida model reasonably predicted the 

condensation heat flux of P0441 and P0344 case, a large error 

was found in P0443 case. This indicated that the Uchida model 

is very dependent on the test condition and cannot be chosen as 

general usage.  

It should be noted that the RBLA model predicted the 

change of heat flux at a higher elevation, i.e., in a low distance 

from the top range, while the HMTA and Uchida model lacks 

such capability. It was attributed to that the RBLA model 

mechanistically calculates the gas boundary layer, both 

temperature and velocity, whereas the HMTA model and 

Uchida model do not solve the gas boundary layer due to their 

coarse mesh.  

The usage of the RBLA model had a distinction on the 

P0334 test, which have low inlet velocity. While the HMTA 

and Uchida model showed the least accuracy among the 

benchmark cases, the RBLA model reasonably estimated the 

condensation heat flux. This indicate that the RBLA model was 

affected less by flow condition than the other models.  

 

CAU test 

The CAU test was conducted to investigate the 

condensation heat transfer in steam-air mixture on a vertical 
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cylinder. The major difference between the CAU test and 

COPAIN test is that the test is under natural convection regime, 

whereas the COPAIN test was conducted under a forced 

convection regime. Another difference between the two tests is 

that the CAU test uses a tube, not a vertical plate which was 

used in the COPAIN test. 

The CAU test took place in a pressure vessel which has 2.0 

m height and 0.45 m in diameter. The condensing tube is 0.75 

m in height and 0.01905 m in radius. Figure 3 shows the 

schematic diagram of the CAU test and mesh used for 

simulation.  

The steam was injected at the bottom of the pressure vessel 

which is pre-filled with air. Such bottom injection of steam 

ensures well mixing with air.  

Unlike the COPAIN test which focused on high air mass 

fraction and low pressure (about atmospheric pressure), the 

CAU test was conducted in a 2-4 bar pressure range and air 

mass fraction 0.252-0.746 range. The test conditions are shown 

in Table 3.  

Similar to the COPAIN test benchmark, meshes used for the 

RBLA and HMTA/Uchida models are different. The Y+ of the 

RBLA model was about 6, and the Y+ of the HMTA and 

Uchida model were about 29.  

 

Table 3. Test conditions of the CAU test 

 
Pressure 

(bar) 

Subcooling 

(K) 

NC gas 

mass 

fraction 

Case #1 1.99 28.85 0.252 

Case #2 2.04 32.09 0.577 

Case #3 2.01 25.24 0.746 

Case #4 3.96 28.55 0.300 

Case #5 3.96 30.99 0.570 

Case #6 3.97 29.83 0.743 

 

Table 4. Mean absolute percentage error of CAU test 

simulation 

 RBLA HMTA Uchida 

Case #1 0.4231  0.8096  0.4750  

Case #2 0.4866  0.8182  0.5188  

Case #3 0.4438  0.8352  0.5407  

Case #4 0.3068  0.7683  0.2759  

Case #5 0.3518  0.7438  0.2382  

Case #6 0.4738  0.7459  0.3505  

Average 0.4143  0.7868  0.3998  

 

 

 

Figure 3 (a) Geometry of CAU test (b) mesh for RBLA 

model (C) mesh for HMTA and Uchida model  

 

Figure 4 shows the simulation result of the CAU test with 

the CUPID code. As the CAU test provided heat transfer 

coefficients, heat transfer coefficient was calculated from the 

CUPID code simulation result.  

Unlike the result of the benchmark on the COPAIN test, the 

three models were not possible to predict the heat transfer 

coefficient reasonably. Three models underpredicted the 

experimental heat transfer coefficient significantly. Among 

them, the Uchida and RBLA model showed the best prediction, 

followed by the HMTA model. This can also be found from the 

MAPE calculated using the experiment and simulated heat 

transfer coefficient, which is shown in Table 4.  

The underestimation of the RBLA model attributed to the 

limitation of mechanistic simulation in two-phase conditions, as 

such underestimation was also found in simulations which were 

conducted with commercial CFD code such as STAR-CCM+ 

[7]. Recalling that the RBLA model mechanistically calculates 

the gradient of steam concentration in the vicinity of the wall, 

which is similar to that used in commercial CFD codes such as 

STAR-CCM+, the inconsideration of suction effect at 

condensing wall may deteriorate heat transfer coefficient 

prediction. An adoption of the suction factor may enhance the 

simulation result. In the case of the HMTA model, the usage of 

an appropriate convective heat transfer model may enhance the 
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simulation result. The underestimation of the Uchida model 

was due to inconsideration of the pressure and wall subcooling.  

In overall, the enhancement of condensation models such as 

adopting suction factor for the RBLA model and using 

appropriate heat transfer model should be conducted.  
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Figure 4 Benchmark result of CAU test (top) 2 bar 

condition, (bottom) 4 bar condition 

 

CONCLUSION  
In this study, we assessed the condensation model of the 

CUPID code, which is a CFD- and component- scale transient 

two-phase flow analysis code. The assessment was conducted 

by benchmarking the COPAIN test and CAU test, which was 

conducted under forced convection condition and natural 

convection condition, respectively. In particular, assessment of 

CUPID code condensation models in natural convection regime 

was not conducted widely.  

The benchmark of the COPAIN test showed that the RBLA 

model best predicted the heat flux along the vertical condensing 

plate. In particular, the RBLA model was possible to predict the 

change of condensation heat flux at high elevation, while the 

HMTA and Uchida model were not possible to predict such 

heat flux change.  

However, in the CAU test benchmark, all three models 

severely underestimated the condensation heat transfer 

coefficient. The RBLA model and the Uchida model showed 

similar result, and the HMTA model showed least accuracy. 

Therefore, improvements on the condensation models should 

be made; the RBLA model may be enhanced by incorporating 

the suction factor, whereas the HMTA model may be enhanced 

by incorporating appropriate heat transfer model instead of the 

wall function currently used.  
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ABSTRACT 
The article presents a comparison of the intensity of the heat 

dissipation from the surface of the plates made of 1.4845 and 

Armco steel during the air jet cooling process. The comparison 

was made based on the heat transfer coefficient on cooled 

surfaces. To do this, it was necessary to conduct experimental 

tests on a measuring stand, consisting in measuring temperature 

changes at 36 points inside the cooled plate. The tested plates 

were heated to a temperature of 900°C and then cooled with air 

supplied at a pressure of 0.1 MPa. Based on the experimental 

measurements, the boundary conditions were identified by 

using a 3D numerical model. The tests showed differences in 

the cooling intensity of the tested plates. The heat transfer 

coefficients obtained from the inverse solution indicate the 

difference in heat dissipation from the cooled surfaces. These 

differences result from the occurrence of scale formed on the 

Armco steel surface, as well as from the differences in the 

thermophysical properties of the tested steels. 

INTRODUCTION 
Cooling with a stream of air is one of the methods of 

removing significant amounts of thermal energy from the 

surface of the heated material. The heat transfer during this 

process occurs through forced convection and radiation. During 

cooling of the surface with a stream of air, excess heat is 

mainly removed by forced convection. The contribution of 

radiative heat transfer to the total heat transfer is highest in the 

initial stage of cooling, in which the temperature difference 

between the cooled plate surface and the surfaces of the 

chamber is the highest, and it decreases with the temperature of 

the cooled object. Due to the general availability and high costs 

of obtaining other cooling gases, air is the most commonly used 

cooling gas. Cooling with an air jet is used in many areas: for 

cooling electrical and electronic devices [1], turbine elements 

[2], the metallurgical industry, among others, during rolling, 

heat treatment of metals or hot forging [3], as well as in the 

glass tempering process [4].  

The air jet cooling process depends on many parameters, 

including: the velocity of the supplied gas, which is a 

component of the Reynolds number, the nozzle geometry, the 

distance between the nozzle and the cooled surface, the 

orientation of the nozzle in relation to the cooled surface, the 

morphology of the cooled surface, and the thermophysical 

properties of the cooled object. The influence of these 

parameters on the cooling efficiency has been studied by many 

researchers due to their real influence on the cooling process. 

Guo et al. [5] investigated the transient heat transfer during 

cooling with a circular air stream in the Reynolds number range 

from 14,000 to 53,000. The local values of the Nusselt number 

obtained by the authors increased rapidly when the air stream 

hit the cooled surface. Nada et al. [6] investigated the effect of 

the nozzle orientation with respect to the cooled surface on the 

heat transfer during air cooling and demonstrated that the 

Nusselt number during cooling of a horizontal plate with the 

hot surface direct downward was lower than during cooling of a 

horizontal plate with the hot surface direct upward and a 

vertical plate. The authors also proved that the effective cooling 

of the plate increased with increasing Reynolds number. Atalla 

et al. [7] investigated the influence of the nozzle shape on the 

heat transfer during cooling with an air jet on a flat surface and 

proved that the heat transfer intensity is 7.8% higher during 

cooling with circular nozzles compared to square nozzles. Rim 

et al. [8] investigated the effect of the distance between the 

nozzle and the cooled surface on the heat transfer during 

cooling with a turbulent air stream (Re = 3000). They indicated 

that the distance between the nozzle and the cooled plate has a 

significant influence on the nature of the flow, both in the area 

of the vertical stream and the wall stream. Due to the increased 

frictional forces present at lower airflow heights, the heat 

transfer rate for lower airflow heights was higher. An important 

parameter influencing the cooling process of steel products is 

also the formation of an oxide layer on the metal surface. This 

layer has a much lower thermal conductivity and a different 

surface structure compared to the layer of unoxidized material. 

Li et al. [9] published the results of research on the 

determination of thermal conductivity and diffusivity as a 

function of temperature for FeO oxide and proved a lower 

value of thermal conductivity of the scale in relation to the 

tested steel. The scale formed on the cooled surface changes the 

heat transfer between the coolant and the cooled surface. The 

lack of consideration for the presence of a scaling layer on the 

cooled surface would lead to incorrect results in identifying the 

sought boundary condition on the cooled surface. The 

determination of the thickness and properties of the surface 
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scale layer is therefore important to obtain a very accurate 

numerical model.  

The dynamically progressing development of technology 

requires the development of cooling systems that will allow the 

removal of significant amounts of heat from the cooled surfaces 

and obtain the required properties of the products. The 

development and optimization of cooling methods requires 

knowledge of the local boundary conditions of the heat transfer 

on the cooled surface. The determination of the boundary 

conditions is possible thanks to the development of numerical 

models of heat transfer describing the heat transfer process 

between the coolant and the cooled surface. Convective heat 

exchange during cooling with air was modeled by many authors 

empirically using the Nusselt number [10]. Kang et al. [11] 

developed a model determining the effective Nusselt number, 

considering heat losses due to natural convection and radiation. 

Empirical correlations have often been used to model heat 

transfer on an air-cooled surface using the inverse method for 

the heat conduction equation. Dou et al. [12] developed an 

axisymmetric 2D model of heat conduction based on the 

solution of the inverse problem for the heat conduction 

equation using the Levenberg-Marquardt method. Malinowski 

et al. [13] developed a 3D model of vertical plate cooling, 

considering heat losses from the plate surface resulted from 

both convection and radiation. 

The aim of the paper is to investigate the influence of the 

scale layer formed during the heating and cooling process on 

the surface of air cooled plates and the thermophysical 

properties of the material on the intensity of heat dissipation. 

Armco and S310 steel were selected for assessment. Armco 

steel oxidizes in a similar way to carbon steels, but the 

microstructure does not evolve below 900 ℃. This allows to 

eliminate the serious problems caused by latent heat of 

microstructure evolution occurring during cooling of carbon 

steel in inverse method. The inverse solution of the heat 

conduction equation was carried out on experimental data 

obtained during plate cooling. A numerical 3D model of heat 

transfer during plate cooling was used. The performed analysis 

may help in determining the influence of the scale layer on the 

intensity of heat dissipation from the plate surface. 

 

NOMENCLATURE 
Awp  Parameter regulating the air flux distribution 

c [J/(kg∙K)] Specific heat 
D [J/(kg K)] Thermal characteristic of air 

HN [m] Distance from nozzle to surface 

NP  Number of temperature sensors 

NT  Number of temperature measurements performed by 

one sensor 
Nu  Nusselt number 

p [Pa] Air pressure 

Pr  Prandtl number 

 [J/(kg∙K)] Heat flux 

Ra  Rayleigh number 

Sc [m2] Cooling chamber surface 
Ss [m2] Plate surface 

T [oC] Temperature 

Tnm  Computed sample temperature at the location of the 
sensor n at the time τm 

Ta [oC] Ambient temperature 
Tc [oC] Chamber temperature 

Tenm  Sample temperature measured by the sensor n at the 

time τm 
Ts [oC] Cooled surface temperature 

 
[kg/(s∙m2)] Air flux 

x1, x2, 

x3 

[m] Cartesian coordinates 

 

Special characters 

∝con [W/(m2∙K)] Convection heat transfer coefficient 

∝i [W/(m2∙K)] Heat transfer coefficient 

Δτw [s] Timing error 

εc  Emissivity of the cooling chamber surface 

εs  Emissivity of the plate surface 
λ [W/(m∙K)] Thermal conductivity 

ρ [kg/m3] Density 
τ [s] Time 

τr [s] Human reaction time 

τst [s] Accuracy of the stopwatch 
 

Abbreviations 

FEM  Finite element method 
HTC  Heat transfer coefficient 

 
EXPERIMENTAL STAND 

The inverse method was used to identify the boundary 

conditions of heat transfer due to the limited possibilities of 

using other methods in high-temperature processes. It required 

introducing to the numerical program the changes of the plate 

temperature field obtained during cooling. These measurements 

were carried out on an experimental stand adapted to measure 

temperature changes during the cooling process, while 

maintaining the same process parameters. The measuring stand 

was equipped with a resistance furnace for heating the samples, 

a cooling chamber and data acquisition system. The cooling 

process on the test stand is automatic. The plate is fixed in a 

transport feeder which is connected to the furnace door opening 

system. This configuration allows for rapid transport of the 

plate between the furnace and the cooling chamber. In the tests, 

plates made of Armco and 1.4845 steel were used. The plates 

were heated to a temperature of about 900°C (Table 1), and 

then cooled with an air stream. After reaching the required 

temperature, the plate remained in the furnace for about 15 

minutes in order to obtain a homogeneous temperature in the 

entire volume of the plate. The distance between the nozzle and 

the cooled surface was 250mm. An air nozzle of the MNM type 

was used in the tests. 

Table 1 Parameters of the plate cooling process 

Plate 

material 

Pressure, 

MPa 

Cooling 

time, s 

Initial surface 

temperature, oC 

Air flow, 

l/min 

Armco  0.1 2100 900 27.6 

1.4845 

steel 
0.1 2100 900 27.9 

 

Both investigated plates had the same dimensions: thickness 

of B = 10mm, length L = 245mm and height H = 200mm (Fig. 

1). Each of them was equipped with 36 K-type thermocouples 

for temperature measurement. The thermocouples were placed 

2mm below the cooled surface on a 90mm long quarter. The 

thermocouples were arranged in a 6 × 6 array. The position of 

the thermocouples was shown in Figure 1. Additionally, the test 

stand was equipped with three thermocouples to measure the 

temperature changes of the cooling chamber wall and one 
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thermocouple to measure the temperature of air supplied by the 

nozzle. The amount of air being fed was also measured during 

the experimental tests using an rotameter with a measurement 

accuracy of 4%. 

 
 

Figure 1 The diagram of a steel plate with thermocouples 

location. 

The maximum temperature measurement error, depending 

on the accuracy class of the thermocouple, was 0.4% of the 

measured temperature [14]. The maximum temperature to 

which the plate was heated during the tests was 912˚C. Thus, 

we can calculate that the maximum temperature measurement 

error, which is due to the accuracy class of the thermocouple, 

was 3.65˚C. A data acquisition system [15] was used to read the 

temperature measurements by the thermocouples. This device 

has an accuracy of 0.2%, which means that the maximum 

reading error was 1.82˚C. After accounting for these two 

sources of error associated with the temperature measurements, 

they yielded a maximum temperature measurement error of 

approximately 5.5˚C. 

The timing error (Δτw ) is the sum of the accuracy of the 

stopwatch and the reaction time of the person making the 

measurement. The accuracy of the stopwatch was 0.01 s.  The 

following formula was used to determine it:  

 (1) 

The human reaction time was determined as 0.4s according to 

the data in the paper Ref. [16]. The accuracy of the stopwatch 

was 0.01 s. The timing error (Δτw) was therefore ± 0.81s. 

NUMERICAL METHOD  
To determine the boundary conditions of heat transfer on 

the cooled surface of the plates, the temperature field was 

calculated from the inverse solution for the heat conduction 

equation: 

 
(2) 

  

In order to solve the equation (2), the FEM algorithm and 

software developed by Malinowski et al. [17]. In the model the 

change in thermal conductivity and specific heat of both steels 

with temperature was considered [13, 18]. For the calculations, 

600 elements with linear shape functions were used. Six 

elements are used in the thickness of the plate. In case of the 

finite element model for the Armco steel the first layer of 

elements was consider as an oxide layer with the 

thermophysical properties of iron oxide [9] and the thickness of 

0.097 mm. The scale thickness was determined experimentally 

after the completion of the measurements.  

Due to the location of the air supply nozzle at the central 

point of the plate, a symmetric airflow distribution has been 

assumed and zero heat fluxes have been assumed in the two 

symmetry planes: 

 
(3) 

 

 
(4) 

The boundary conditions at the vertical surfaces of the 

plates and at their edges were approximated using the heat flux 

model given in Ref. [13]. 

On the vertical surface of the plate cooled under natural 

convection conditions and on the vertical edge of the plates, the 

boundary condition was determined based on the formula 

presented by Churchill and Chu [19]. The location of the 

thermocouples on the 1.4845 steel plate was on the lower right 

part of the plate, and on the Armco steel plate on the upper 

right part of the plate. Therefore, the boundary condition at the 

horizontal edge of the top-cooled Armco steel plate was 

calculated using the formula created by Lewandowski et al. 

[20]. On the other hand, the boundary condition at the 

horizontal edge of the bottom-cooled 1.4845 steel plate was 

determined based on the formula given by Aihara et al. [21]. 

 
Figure 2 Scheme of thermal characteristic of air as a function 

of the plate surface temperature. 

 

The boundary condition on the vertical surface of the 

plate cooled by the air nozzle was approximated by the 

equation: 

 
(5) 

The function D adopted in equation (5) depends on the air 

pressure p, the distance of the nozzle to the cooled surface HN 
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and the local temperature of the plate surface Ts. For defined 

values of the nozzle distance from the cooled surface HN and 

the air pressure p, this function depends only on the local plate 

surface temperature Ts. The diagram of the approximation of 

the function D was presented in Fig. 1. 

The plate surface temperature from the initial plate 

temperature T0 to the air temperature Ta has been divided into 

five sections. The beginning and end of a given segment k is 

determined by temperature, respectively Tk and Tk+1. The value 

of the function D at the point Tk is determined by the parameter 

Dk. For the plate temperature equal to the air temperature, D1=0 

was assumed due to the lack of convective HTC. The 

remaining Dk parameters for k=1 to 5 should be determined 

from the minimum condition of the objective function, which 

determines the temperature difference between the measured 

temperature and the calculated temperature along the curve 

normal to the measured temperature:   

 

 

(6) 

 

The local air flux has been determined based on 

measurements that were done for water-air nozzle described in 

Ref. [22]. These measurements allowed to develop the 

hydraulic characteristic of the MNM nozzle. The distribution of 

the air jet over the cooled surface was approximated by the 

dimensionless distance from the stagnation point rz: 

 

 
(7) 

 

The parameter rz describes the dimensionless radius at 

which air moving over the conical surface touches the plate 

regardless of the position of the nozzle in relation to the cooled 

surface HS. For the axisymmetric approximation of the 

measured air jet, two functions defining the air flow rate over 

the cooled surface were selected: 

 
(8) 

 

 
(9) 

 

The function (8) determines the distribution of the air jet 

from the stagnation point to the position rz=1, while the 

function (9) approximates the distribution of the air jet from the 

point rz=1 to infinity. The coefficients employed in equations 

(7-9) for the MNM nozzle with 45° spray angle have been 

presented in Table 2. 

 

Table 2: Coefficients employed in eq. 6, 7 and 8. 

c1 c2 c3 c4 c5 

0.0512 0.187 0.000 1.000 0.480 

The air flow rate calculated in the range from r=0 to r=150 

mm was consistent with the rotameter indication. The radiation 

heat loss for 1.4845 steel was determined from the model in 

Ref. [13]. On the other hand, the radiation heat loss for Armco 

steel was calculated from the emissivity model developed based 

on the inverse solutions of cooling the plate under conditions of 

natural convection in air: 

 
(10) 

 
RESULTS AND DISCUSSION 

The results of numerical calculations were presented in the 

form of the local convective HTC values on the cooled surface 

of 1.4845 and Armco steel plates in relation to the plate 

temperature excess above the ambient temperature (Figure 4) 

and the cooling time (Figure 5). The convective HTC values 

presented in Figures 4 and Figure 5 were determined in three 

elements E1, E3 and E6. The centers of the elements, in which 

the local values of the convective HTC were presented, 

corresponded to the location of the thermocouples T1, T3 and 

T6, located along the x2 axis (Figure 3). The results of the 

calculations of the local convective HTC values obtained from 

cooling of Armco steel were marked as A1, A3 and A6, while 

the results of calculations obtained from cooling of 1.4845 steel 

were marked as S1, S3 and S6. 

 
Figure 3 Scheme of location of the thermocouples T1, T3 and 

T6. 

 

The values of the local convection HTC obtained for the 

Armco steel are higher than the ones obtained for the 1.4845 

steel in corresponding elements (Figure 3 and Figure 4). The 

maximum values of convection HTC during cooling of Armco 

steel are in the range from 98 to 122 W/(m2K), while for 1.4845 

steel, they are in the range from 76 to 102 W/(m2K). The 

maximum convective HTC values obtained for the E1, E3 and 

E6 elements during the cooling of Armco steel are higher by 

34,2%, 25,8% and 20,8%, respectively, compared to the values 

obtained from the experiments of cooling of the 1.4845 steel 

plate. The reason for these differences may be the dissimilarity 

in the thermophysical properties of the tested steels, as well as 

the presence of a scale layer on the surface of the Armco steel. 
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Armco is characterized by a higher thermal conductivity in 

relation to steel 1.4845, thanks to which the heat is delivered 

faster to the cooled surface. The scale present on the surface of 

Armco may be characterized by a larger heterogeneity of the 

structure, so that air falling on the cooled surface may be 

subject to additional turbulence, which has a positive effect on 

heat transfer. 

In the initial period of cooling, there is a rapid increase in 

convective HTC, lasting from 8s to 10s. It is related to the 

transport of the plate from the furnace to the cooling chamber. 

After obtaining the maximum values of convection HTC, the 

intensity of the heat reception decreases slowly with the 

decrease of the surface temperature and the extension of the 

cooling time. In the last cooling stage, for the last about 400s 

for Armco steel and 100s for 1.4845 steel, the values of 

convective HTC decrease rapidly as the excess temperature of 

the plate over the ambient temperature decreases. 

 
Figure 3 Convection HTC depending on the excess 

temperature of the plate above the ambient temperature. 

 
Figure 4 Convection HTC depending on the cooling time. 

 

The obtained values of convective HTC (Fig. 4 and Fig. 5) 

indicate the presence of heterogeneity in the cooling of both 

plates. The convective HTC values, both during the cooling of 

Armco steel and 1.4845 steel, decrease with increasing distance 

from the stagnation point. The highest values of convective 

HTC were obtained at element E1, located in the symmetry axis 

of the incident airflow, while the lowest values were obtained at 

point E6, furthest from the air jet axis. The maximum 

convective HTC values during cooling of the Armco steel plate 

obtained at element A1 were 24.5% higher than those obtained 

at element A6. While cooling the plate made of 1.4845 steel, 

the maximum convection values of HTC obtained for element 

S1 were 38.4% higher than the values obtained for element S6. 

This is caused by the fact that as the distance from the axis of 

the incident air stream increases, the mass flux of the fed air 

and the air velocity decrease. Therefore, the highest values of 

convective HTC were obtained in the element located in the air 

jet axis. This means that as the distance from the nozzle 

increases, the intensity of heat dissipation from the surfaces of 

both tested plates decreases. 

The thermal characteristics of the coolant depending on the 

excess temperature of the plate over the ambient temperature 

(Figure 6) has been presented in the form of a describing 

function that allows to eliminate the influence of the amount of 

supplied air on the efficiency of heat reception from the 

surface. A larger capacity of air to dissipate the heat occurred 

for the test of cooling the Armco steel plate. The maximum 

difference in the ability of the coolant to dissipate heat from the 

surface of Armco steel compared to the surface of 1.4845 steel 

is approximately 22,3%. 

 

 
Figure 5 Thermal characteristics of the coolant depending on 

the excess temperature of the plate over the ambient 

temperature. 

 

The accuracy of the inverse solution obtained during 

numerical calculations is satisfactory. The average deviation of 

the measured temperature from the calculated one did not 

exceed 3K (Table 3). 
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Table 3 The accuracy of inverse solutions. 

Material 
Average 

deviation, K 

Maximum 

negative 

deviation, K 

Maximum 

positive 

deviation, K 

1.4845 steel 2.71 -9.99 10.44 

Armco 1.69 -6.64 6.93 

CONCLUSION  
In the paper the boundary conditions of heat transfer in the 

form of the local values of the convective heat transfer 

coefficient on the vertical surfaces of 1.4845 steel plate and 

Armco plate during cooling with an air jet were compared. The 

three-dimensional model of heat conduction was used to 

determine the boundary conditions of heat transfer on the 

cooled surface. An additional oxide layer on the cooled surface 

was considered in the heat conduction model of the Armco 

steel. An oxide layer thickness of approximately 0.17 mm was 

determined based on the kinetics of the oxidation process. The 

analysis of the results presented in the paper allowed for the 

formulation of the following conclusions: 

• Differences in the intensity of cooling the vertical Armco 

and 1.4845 steel plates with the air jet were observed. 

Higher values of convective HTC in each of the elements 

considered were observed during cooling of Armco steel 

The maximum difference in convective HTC value was 

34,2% and was obtained for element E1, located in the 

symmetry axis of the nozzle. The reason for the 

occurrence of more intensive cooling of the Armco steel 

surface in comparison with the 1.4845 steel surface may 

be the difference in thermophysical properties of the 

tested materials and the occurrence of a scaling layer on 

the Armco steel surface.  

• The heterogeneity of cooling with the air jet of both 

tested plates has been demonstrated. The highest values 

of convective HTC have been obtained in the vicinity of 

the symmetry axis of the air jet. As the distance from the 

stagnation point increased, the convective HTC values 

decreased. The reason for this phenomenon, may be the 

decrease in mass flux of flowing air and the decrease in 

air velocity as the distance from the stagnation point 

increases. 
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ABSTRACT 
The formation of three-phase contact line is of central 

importance in understanding wetting dynamics and 
electrowetting. A moving contact zone can be divided into four 
subregions: macroscopic region, mesoscopic region, proximal 
region, and molecular region. However, the contact angle and the 
contact line profile in the molecular region still remain obscure. 
In this study, we used molecular dynamics simulation to examine 
the contact line profile in the molecular region. It is found that 
the contact line experiences concave bending at the molecular 
region, which is induced by the polarization of water molecules 
and the friction among the layered structure of trapped water 
molecules. The polarization near the solid surface manifest in 
terms of the orientation bias of water molecules. The surface 
trapping of water occurs in the form of peak density in the 
oscillatory density profile. Both effects are restricted to 
approximately 1 nm away from the solid surface and worked 
jointly as an extra term in the modified Young-Laplace equation. 

INTRODUCTION 
Wetting, which addresses either spontaneous or forced 

wetting of liquids on a solid surface, is a ubiquitous phenomenon 
in nature and its applications span from surface coating1, 
micro/nanofluidic devices2, 3, heat transfer4-8, self-assembly9, 10 
and almost all biological processes11. The study on wetting can 
be traced back to the observations of the capillary effect which 
drives the liquid to rise in small tubes by Hauksbee in 1706. Over 
the past several decades, there has been a massive explosion in 
the fundamental understanding on the mechanism and dynamics 
of wetting12-14. Most of the research work focused on the 
dynamics of the contact line15 where the three phases (solid, 
liquid, vapor) intersect and attempted to solve the stress 
singularity and interfacial slip at the solid-liquid interface16. Till 
now, the simulation of capillary effects and the interpretation of 
the contact line dynamics are usually based on several distinct 
phenomenological models and involve different numerical 
techniques such as length scale cut-offs17. The first example is 
the Cox-Voinov model18, 19, also known as the hydrodynamics 
theory, which leads to an asymptotic solution to the motion of 
the contact line by solving the Navier-Stokes equation in the 
vicinity of the contact line. Particularly, the formulation of Cox-
Voinov model is deliberately truncated at the molecular scale 
where the continuum concept breaks down and the boundary 
conditions to the flow equations are modified. In this case, the 
viscous bending determines the shape of the contact line. In a 

manner analogous to chemical reactions, molecular kinetic 
theory (MKT) postulates the displacement of contact line indeed 
is actually a rate process controlled by an energy parameter 𝛥𝐺 
and a length parameter λ.20 The out-of-balance surface tension 
provides the driving force for the advancement and recession and 
the wetting velocity is shown to be a hyperbolic function of the 
dynamic contact angle. This approach ascribes the interfacial slip 
to consecutive adsorption and detachment of liquid molecules 
and the surface free energy is dissipated in such molecular 
processes. An alternative way to address the contact line 
dynamics is to combine the hydrodynamics theory and MKT, in 
spite of their fundamentally different physics. In this way, the 
surface free energy is considered to be dissipated in the form of 
both viscous dissipation and molecular friction. The contact 
angle is directly linked to the flow instead of being an 
independent variables, and the molecular-motion-induced 
slippage is also accounted for21.  

Figure 1.  Schematic of four regions of the contact zone profile: 
(1) Macroscopic region matching the Young-Laplace equation;
(2) Mesoscopic region where the profile is distorted by viscous
bending; (3) The proximal region of convex nanobending which
emerges at dozens of nanometers from the solid surface; (4) The
molecular region of several layers of molecules thick.

At this moment, it is still difficult to pick up a specific model 
or mechanism to elucidate the contact line dynamics, despite all 
models yield reasonable agreement with experiments and 
simulations. An important reason for this long-lasting debate is 
that the contact line dynamics actually spans from the 
macroscopic scale to molecular level. It has been confirmed the 
contact line can be divided into several subregions18, each of 
which falls within different length scale as shown in Figure 1. 
The first region is the macroscopic region and the contact angle 
within this region matches the Young-Laplace equation: 
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cos𝜃                                                                           (1) 
where γ represents the interfacial tension, 𝜃  is the static contact 
angle and the subscripts of S, V, L indicate the solid, vapor and 
liquid phase respectively. The second region is the mesoscopic 
region where the contact line profile is distorted by viscous 
bending, which is followed by the proximal region and 
molecular region. In a recent experimental study, Chen and 
coworkers22 reported the convex nanobending of a moving 
contact line at the proximal region (~20 nm) and concluded that 
the microscopic contact angle in MKT is actually established at 
the end of molecular region. In a follow-up study by Lukyanov 
and Likhtman23, such convex shape of contact line at nano-scale 
indeed roots in the nonlinear distribution of frictional force at the 
solid surface. However, the contact line profile at the molecular 
region, which is beyond the measurable limit of instruments, is 
still obscure. 

In this work, we used molecular dynamics (MD) simulation 
to examine the formation and profile of contact line of water on 
a wide spectrum of solid surfaces ranging from ultrahydrophobic 
to ultrahydrophilic surfaces. The size of water droplets is 
selected to be 20 nm to exclude the nanoscale convex bending of 
contact line at the proximal region. A mathematical model is 
established to clarify the bending of contact line at the molecular 
level. Our study aims to advance the understanding on contact 
line dynamics by resolving long-last mystery of contact line 
formation in the molecular region and may assist the surface 
design and optimization in applications involving contact line 
formation and spreading, such as dropwise condensation and 
surface coating. 

NOMENCLATURE 
P [N/m2] Pressure 
p [-] Probability density 
r [m] Distance between atoms 
F [N] Force 
L [m] Thickness of the system in z direction 
T 
V 
G 
C 

[N·m] 
[kJ/mol] 
[J] 
[-] 

Torque 
Lennard-Jones interaction 
energy parameter 
The center of mass 

x [m] Cartesian axis direction  
y [m] Cartesian axis direction  
z [m] Cartesian axis direction (normal direction) 
 
Special characters 
θ [-] Contact angle 
γ [N/m] Interfacial tension 
ε [kJ/mol] Characteristic energy parameter 𝜎 [nm] Characteristic length parameter 𝜙 [-] Angle preference 𝛼 [-] Angle between z axis and H-H bond vector 
ρ 
λ 

[mol] 
[nm] 

Density of atoms 
Length parameter 

 
Subscripts 
S  Solid 
L  Liquid 
V  Vapor 
O  Oxygen 
H  Hydrogen 
Y  Young’s  
0 
max 

 Depletion layer 
Maximum value 

COMPUTATIONAL METHOD 
In this work, we used molecular dynamics (MD) simulation 

to examine the formation and profile of contact line of water on 
a wide spectrum of solid surfaces ranging from hydrophobic to 
hydrophilic surfaces. All the simulations in this work were 
carried out on Gromacs 5.1.2 based on the OPLSAA force 
field24. The time step in each simulation was chosen to be 1 
femtosecond. We constructed a spherical water droplet 
consisting of 273720 molecules and the TIP4P model25, 26 was 
used to account for the topology information of water molecules. 
The solid surface was modelled as face-cantered-cubic gold27. 
The interactions between water molecules and gold atoms are 
calculated only by considering the Lennard-Jones interactions 
between oxygen atoms and gold atoms:28 𝑉 4𝜀 −                                                 (2) 

where 𝜀  and 𝜎  are the characteristic energy and length 
parameters, r is the distance between two interacting atoms. In 
this study, 𝜎  was fixed at 0.3 nm and the wettability of the solid 
surface was varied by adjusting 𝜀 . In this work, we created 6 
solid substrates with different wettability by setting 𝜀 = 0.65, 
0.75, 0.85, 0.95, 1.05, 1.15 kJ/mol, respectively.  

RESULTS AND DISCUSSION 
Figure 2 shows the final configuration of 6 cases simulated. 

The static contact angle θ0 is decreased from 115.63° to 87.12°, 
spanning from the hydrophobic region to the hydrophilic region. 
In all these 6 cases, the water droplets eventually show a circular 
shape and no substantial bending effects can be observed. This 
is primarily because the characteristic length of the system is 20 
nm, which is below the length scale of nanobending reported by 
Chen22. Consequently, the nanobending effect may not be 
prominent.  

 

 
 

Figure 2.  Snapshots of water droplets at the equilibrium state 
with 𝜀 = 0.65, 0.75, 0.85, 0.95, 1.05, 1.15 kJ/mol, respectively. 
 

We then compared Young’s angle 𝜃 , which is predicted by 
Young-Laplace equation and represents the macroscopic contact 
angle, to the molecular contact angle 𝜃  we measured. The 
liquid-vapor tension was reported to be 59 mN/m for TIP4P 
water from previous study29. Here we calculated γSL and γSV using 
the simplest geometrical set-up where the solid substrate is 
sandwiched by either liquid phase or vacuum. Since there exist 
two interfaces in thus-formed system, the interfacial tension, 
which results in the unequal pressure tensor, can be obtained 
as30: 𝛾 𝑃 −                                                                       (3) 
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where x and y indicate the tangential directions to the solid 
substrate, z is the normal direction, and L is the thickness of the 
system in z direction. Each simulation of the interfacial tensions 
was run at equilibrium state and γ was averaged over 10 ns of 
simulation time. Figure 3(a) shows the linear dependence of both 𝛾  and 𝛾  on 𝜀 . 𝛾  is almost constant regardless of 𝜀 , since 
the density of vapour phase is relatively negligible. Then the 
values of 𝛾 , 𝛾  and 𝛾  are substituted into Young-Laplace 
equation to calculate Young’s angle 𝜃 . As shown in Figure 3(b), 
the Young’s angle is always larger than the molecular contact 
angle 𝜃  measured by us, indicative of a concave bending of 
contact line at the molecular region (Figure 1). From the 
perspective of energy conservation, the surface free energy is 
dissipated in the form of either viscous or molecular friction 
when the contact line is spreading and the contact angle is 
relaxed to its equilibrium value. The concave shape of contact 
zone hence implies an energy dissipation enhancement, which 
manifests itself in the description of the molecular contact angle 
as an integrated force in the modified Young-Laplace 
equation31,28: 𝛾 cos𝜃 𝛾 − 𝛾 𝐹                                                             (4) 

 
Figure 3. (a) The interfacial tensions versus the strength of solid-
liquid interactions 𝜀 . (b) The difference between the measured 
contact angle 𝜃  from MD simulations and the Young’s angle 𝜃  
calculated from the Young-Laplace equation.  
 

We then studied the effects of the solid surface on the 
properties of water and explored the origin of the extra energy 
dissipation at the molecular region. Figure 4(a) presents the 
definition of cos𝛼 for a water molecule. The forces that solid 
surface exerts on oxygen atom and on two hydrogen atoms 
within the same water molecule are not equal. The nonuniform 
force distribution within a water molecule would create a torque 

𝑇 𝐹 𝐿 − 2𝐹 𝐿 , where LOC and LHC are the distance from 
the center of mass of the water molecule to the oxygen atom and 
hydrogen atoms, as shown in Figure 4(a). In most cases, 𝐹  is 
negligible comparing to 𝐹 . Hence the torque T would line up 
the randomly oriented water molecules by repulsing the 
hydrogen atoms away from the solid surface and lead to the 
biased orientation of water molecules adjacent to the solid 
surface26. 
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Figure 4.  (a) The orientation of a water molecule is defined by 
the H-H bond vector. x and y axes are parallel to the substrate 
surface and z axis is the outer normal of the solid substrate. The 
H-H bond vector points to the opposite direction to the electrical 
dipole moment within the water molecule. α is the angle between 
the H-H bond vector and the z axis. (b) The probability density 
distribution of cosα for water molecules adjacent to the solid 
surface in each case. The thickness of the selected layer is 0.3 
nm. The positive value of cosα indicates the H-H bond vector 
points upwards, i.e., the water molecule is facing upward. (c) The 
angle preference with respect to different 𝜀 . (d) The angle 
preference versus the distance from the solid surface. (e) Water 
molecules adjacent to the solid surface tend to face upward with 
oxygen atoms attracted to the surface and hydrogen atoms 
repulsed away. 
 

We compared the probability density distribution of the 
orientation for water molecules that are less than 0.5 nm away 
from the solid surface and for the bulk water. For the bulk water, 
the probability density distribution is uniform. However, for 
water molecules adjacent to the solid surface, the density 
distribution is asymmetric, indicative of the polarization of water 
molecules, as shown in Figure 4(e). The angle preference 𝜙 is 
defined as 𝜙 ∑𝑝 cos𝛼 0 − ∑𝑝 cos𝛼 0                                              (5) 
where p represents the probability density. Figure 4(c) shows the 
angle preference of near-surface water molecules with respect to 𝜀 . Apparently, the angle preference is increased with a larger 𝜀 , and hence enhanced wettability of solid surfaces. It is also 
reported that the near-surface polarization of liquid droplets can 
notably enhance the hydrogen bonding and thereby improve the 
wettability of the solid surface29. Figure 4(d) demonstrates that 
the polarization of water phase is limited to 0.7 nm away from 
the solid surface and after that the angle preference becomes 
negligible. 

 

Figure 5.  (a) Schematic of the force that the solid surface exerts 
on a single water molecule. (b) The net force 𝐹  versus the 
distance z from the solid surface. 
 

The solid surface also exerts its influence on the contact line 
formation via altering the density distribution of the water phase.  
Figure 6(a) presents the laterally-averaged density profile of 
water phase for different 𝜀 . The water density rapidly grows 
from 0 to a peak value, then oscillates around the value of bulk 
density with decaying magnitude, and eventually settles to a 
steady value. From ab initio perspective, the net force 𝐹  
exerted by the solid surface on a single water molecule can be 
calculated as shown in Figure 5(a): 𝐹 2𝜋𝜌 lim→ 𝑑𝑟 −𝑟 cos 𝛾 𝑑 cos 𝛾 2𝜎 − 5𝜎 𝑧              (6) 

Herein, 𝐹  can be either positive (repulsive) or negative 
(attractive), as shown in Figure 5(b). Equation (6) predicts a 
depletion layer 𝑧 𝜎  bounded by FSL = 0: 𝜎 𝜎                                                                                   (7) 

It is expected that water molecules within the region of 𝑧𝜎  are repulsed away, which results in a depletion layer near the 
solid surface; for 𝑧 𝜎 , the strong attraction applied by the 
solid surface traps water molecules and induces a density peak 
in the density profile. In current study, 𝜎  is fixed at 0.3 nm and 
the depletion layer thickness can be evaluated as 𝜎 0.2575 
nm, which coincides with the location of the density peak in 
Figure 6(a). The effect of surface wettability on the density 
distribution is investigated by studying the relationship between 
peak density 𝜌  of trapped water and 𝜀 . In Figure 6(b), the 
peak density is proportional to the strength of solid-liquid 
interactions and hence the surface wettability. For surfaces with 
stronger wettability, the thickness of the depletion layer is 
constant since it is only related to the value of 𝜎 ; however, the 
surface trapping will become more significant with more water 
molecules trapped at 𝑧 𝜎 . In this case, the interfacial 
properties of water may be changed as a result of the increased 
density of trapped water. Moreover, the trapped water molecules 
may serve as a new “solid surface” for water molecules above 
them and the surface trapping may be repeated, giving rise to a 
layer-by-layer distribution of water molecules30. In the formation 
of contact line, the sliding between the adjacent liquid layers may 
introduce the layer-by-layer friction in the energy dissipation, 
which needs to be accounted for in the Young’s equation. It is 
also demonstrated that the surface trapping effect is restricted to 
~1 nm, beyond which the water density approaches the bulk 
value.  
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Figure 6.  (a) Density profile of water in the vertical direction. 
(b) The peak density of trapped water versus 𝜀 . 

CONCLUSIONS  
In this work, the bending of contact line in the molecular 

region is examined by molecular dynamics simulation. The 
molecular region is found to be restricted to 1 nm from the solid 
surface. The difference between the Young’s angle (apparent 
angle) and the contact angle in the molecular region gives rise to 
the modified Young-Laplace equation and implies an enhanced 
energy dissipation. It is found that the near-surface polarization 
in terms of the orientation bias of water molecules and the 
surface trapping in the form of repeated density depletion and 
accumulation in the density profile contributes to additional 
energy dissipation in the process of contact line formation. The 
modified Young-Laplace equation in the molecular region can 
be summarized as: 𝛾 cos 𝜃 = 𝛾 − 𝛾 + 𝐹 + 𝐹       (8) 
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Transient heat transfer is met in many fields of everyday life as well as in diverse industrial applications. 

This is for example the case for heating or cooling of buildings, or of food, for cooling of engines or 

data centers, just to cite a few. These stem from a sudden variation of a thermal source, a temperature 

or or a heat power, with respect to an initial steady state thermal regime. In this type of regime, a zero 

initial condition exists, with a causal dissymmetrical relationship between the variation of the source 

and its temperature response at some point in the system. It prevents the modeler to use frequency-based 

decomposition of this source using techniques based on the Fourier transformation that are restricted to 

modulated regimes.  

We assume here that the heat equation, a Partial Differential Equation (PDE), that governs heat transfer 

in a physical system, as well as its boundary conditions, is Linear with Time Independent coefficients 

(a LTI system): This means that the thermophysical properties (conductivities, volumetric heat 

capacities, heat transfer coefficients), can vary in space, but not in time. This corresponds to thermal 

diffusion, but may also concern conjugate heat transfer, that is additional and simultaneous forced 

convection, as long as the velocity field in the fluid stays stationary in any 3D geometry (with a 

temperature independent viscosity). Another assumption concerns the transient heat source (the input), 

which has to be separable. This means that it can be written, in the transient heat equation or in its 

boundary conditions, as a product of a time part, its intensity, by a space part, its geometrical support.  

Figure 1 exemplifies the general case of heat transfer (thermal diffusion and advection) in a material 

composed of K solid or fluid domains. The initial temperature field is not necessarily uniform but is at 

steady state. A heat source, that can preexist before time t = 0,  with a steady state value, suddenly varies 

at this time, with a transient variation of  its intensity Qv (t) (watts) which is dissipated over a sub-volume 

Vsource included in the domain. The boundary conditions are considered as homogeneous (zero heat flux 

or temperature, for example).    

Fig. 1 – Heat transfer in a material multicomponent system with K  solid   or  fluid     domains  

The thermophysical properties (conductivity λ  , volumetric heat capacity ρc) are supposed to be

independent of temperature and, as a consequence, are time independent. But they  can vary in space. 

The velocity field u
�

 is at steady state in the fluid sub-regions. The heat equation in the 3D system is 

given by equation (1), where T (P, t) is the local temperature variation at any space point P, with respect 

to its initial steady state value : 
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(1) 

Here, the transient heat source term is “separable”, since it is a product of a time-varying term, the source 

volumetric density Qv (t) )/Vsource, by its support f (P), which is a space-varying term of unit integral over 

Vsource ( f (P) = 1 corresponds to a uniform heat source). 

After a Laplace transformation of equation (1) and solution of the resulting equation, the Laplace 

transform of the temperature variation T  at a given point P becomes proportional to the Laplace 

transform of the variation of the intensity Qv , the proportionality constant, a transfer function, here an 

operational impedance,  being a function of P and on the Laplace parameter. Return to the original time 

domain makes a convolution product appear in the generic equation (2) below: 

0
(P, ) (P, ) * ( ) (P, ' ) ( ' ) d (2)= = −

t

y t h t u t h t t u t t'

where y (P, t) = T (P, t) is the local output, u (t) = Qv (t) the input and h (P, t) the corresponding impulse 

response, here a time impedance.  

The above relationship also holds if the thermal source is the variation of a surface temperature or of a 

surface power over part of the system boundary (boundary condition of the first or second kind), or a 

variation of the external fluid temperature over such a subsurface (boundary condition of the third kind). 

The same is true for a variation of the fluid temperature at the inlet of one of the fluid channels shown 

in figure 1 (case of a heat exchanger, for example). In a similar way, variation of a point temperature or 

heat power can also been considered. 

If the input is a thermal power (in watts), this impulse response is a “time impedance”  while it is a “time 

transmittance” for a temperature input. Modeling the output vector in discrete time, with a constant time 

step ∆t, can be very easily implemented using a product of a lower triangular matrix formed by the

sampled impedance or transmittance vector and the corresponding sampled input vector [1], see equation 

(3). 
2( ) ( ) where (.) ( ) (.)= = ∆≜ ty h u u h fM M M N N (3) 

Here ( )xN  is a lower triangular Toeplitz matrix formed with vector x defined either with sampled 

values ( ) , with ,D= =
i i i

x x t t i t  of a function x (t) , the input or the impulse response, or with a vector 

f , in order to implement a numerical quadrature of equation (2). 

1 1 1

2 2 1 2

3 3 2 1 3

1 2 1

1

0 1

( ) with for , with 0

0

or
1

;
2

or

− −

=

= ≡ ≡ ≡=

       
       
       

       
       
       
       =        

⋮ ⋮ ⋮ ⋮ ⋱ ⋮ ⋮

⋯
k k k k k

y x x x h

y x x x

y x x x x x u

y x x x x x x f

y x x fN  (4) 

Finding this impulse response provides a reduced model which is as good as the numerical or analytical 

solution of any detailed PDE model, such as a numerical Finite Element solution for example. This 

impulse response can be found in two ways: i) either by inversion of the temperature output of such a 

numerical or analytical model for a given input,  if this solution is available (a “model reduction 

procedure”) or ii) by “experimental identification” (or calibration) of this impulse response by 

measurement of both input and output followed by the same inversion. 
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Both processes require a deconvolution procedure. However, the “experimental identification” case 

corresponds to an ill-posed inverse problem caused by amplification of noise in the signals and a 

regularization becomes compulsory. Classical regularization methods, such as Tikhonov penalization, 

or Truncated Singular Value Decomposistion exist for circumventing  this problem.  

Applications of both inversion procedures to the characterization of heat exchangers are presented in 

the talk, see figures 2 and 3 below. 

 

 

However, these kinds of regularization techniques introduce a bias in the estimated impulse response, 

see oscillations in figure 3, and efforts are under way to suppress, or at least mitigate, this effect, see [5]. 

 

Consequences, in terms of deviations with respect to the above assumptions (use of a constant forced 

heat transfer coefficient for cases where both wall temperature and heat flux vary, or cases where the 

forced velocity field varies in diffusion/advection cases) are discussed. More generally, because of the 

superposition principle applied to different transient sources in a LTI system, such convolution products 

can be used as realistic approximations for configurations where heat transfer is moderately non-linear. 
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ABSTRACT 
In this study, electromagnetic-structural-thermal fluid 

coupled analysis was performed to analyze the cooling 

characteristics of an embedded permanent magnet synchronous 

motor (IPMSM) used in electric vehicles. First, through 

electromagnetic analysis, the components causing a loss in each 

component were identified. Next, the electromagnetic-structural-

thermal fluid coupled analysis was performed to analyze the heat 

dissipation characteristics of the existing model. In addition, the 

effects of maximum temperature and pressure drop on the 

response were statistically analyzed by selecting the major 

design factors of the cooling water jacket through the design of 

experiments (DOE). 

INTRODUCTION 
Recently, the importance of electric motors is increasing in 

various industrial fields due to the strengthening of 

environmental regulations around the world [1]. When a motor 

is operated for a long time, mechanical losses such as windage 

loss and frictional loss and electrical losses such as hysteresis 

loss and eddy current loss occur [2-3]. This loss is converted into 

thermal energy to heat each component of the motor. When the 

motor is heated and rises above a certain temperature, 

demagnetization occurs, and the performance of the motor is 

permanently reduced [4]. Therefore, to improve the operational 

continuity of the motor, it is necessary to study to improve the 

heat generation performance of the motor using a cooling device. 

Marco Cavazzut et al. [5] conducted a study to optimize the 

cooling water jacket and the stator to lower the winding 

temperature. Pei xin Liang et al. In [6], the internal heat 

dissipation study of the motor was conducted on the change in 

the width and width of the rectangular cooling channel. Kea-Ho 

Lee et al. [7] conducted a study to optimize the cooling 

performance and stability of the motor by changing the pattern 

of the cooling water jacket and the vertical and horizontal angles 

of the inlet and outlet. However, these studies have limitations in 

verifying the results because they do not consider various 

physical phenomena that occur inside the actual motor. In 

addition, it is difficult to evaluate the overall cooling 

performance because the importance of design factors affecting 

the cooling performance is not considered. 

In this study, the internal temperature and cooling 

performance of the electric vehicle interior permanent magnet 

synchronous motor (IPMSM) were calculated through the 

electromagnetic-structural thermal fluid coupling analysis, and  

NOMENCLATURE 

P [W] Power 

I [A] Current 
R [Ω] Resistance 

σ [-] Constant 

f [Hz] Power frequency used 

B [T] Magnetic flux density
n [-] Conductivity 

t [m] Thickness of passing conductor 

k [-] Loss factor 

Subscripts 

h Hysteresis 
e Eddy current 

ex Saturation  

max Maximum  
0 Ambient or reference 

EXTERNAL BOUNDARY CONDITIONS 
A. Electromagnetic Analysis Model

To perform electromagnetic analysis, a model such as 

(Figure 1) was selected. Considering that there is no change in 

the shape of the motor shaft, a 2D model was used. 

(a)                                         (b)     

Figure 1 (a)Interior Permanent Magnet Synchronous Motor 

(b)Motor Cross-Sectional Shape for Electromagnetic Analysis

The specifications of the motor are shown in Table 1 The 

insulation grade is H grade, the allowable temperature is 453K, 

and it consists of 8 poles and 48 slots, and a 3-phase current is 

applied. The maximum current is 187A, the rated speed is 

2500RPM, and the number of windings is 74 times. Also, since 

it is 1/8 symmetrical, the analysis was performed by rotating only 

45 degrees. 
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Table 1 Interior Permanent Synchronous Motor 

Specification 

Division Specification 

Insulation class H 

Allowable temperature 453K 

Pole 8 

Slot 48 

Phase 3 

Max current 187A 

Rated speed 2500RPM 

Turns 74 

 

B. Results of Electromagnetic Analysis to Calculation 

 

The losses occurring in the motor include copper loss 

occurring in the stator winding, and iron loss occurring in the 

stator and rotor made of iron around the winding. 

 

𝑷 = 𝑰^𝟐 𝑹                                           (𝟏) 
𝑷𝒉 + 𝑷𝒆 + 𝑷𝒆𝒙 =   𝝈𝒉𝒇𝑩𝒎𝒂𝒙

𝒏 + 𝒌(𝒕𝒇𝑩𝒎𝒂𝒙)𝟐                           

+𝒌𝒆(𝒇𝑩𝒎𝒂𝒙)
𝟑
𝟐 ∗ 𝟖. 𝟔𝟕      (𝟐) 

 

Equations (1) and (2) are copper loss and iron loss equations. 

Here, J and R are current density and specific resistance, 

respectively. 𝑷𝒉 is hysteresis loss, 𝑷𝒆 is eddy current loss, 𝑷𝒆𝒙 

is saturation loss, 𝝈𝒉, 𝒇, 𝑩𝒎𝒂𝒙, 𝒏, 𝒌, 𝒕, 𝒌𝒆 are the thickness of the 

passing conductor, the coefficient of saturation loss. 

 

      
(a)                                (b)                           

Figure 2 (a) Total Copper Loss, (b) Total Iron Loss 

Figure 2 shows the total loss calculated through 

electromagnetic analysis. Copper loss occurred on average at 

2263W, and it was found that the most loss occurred in the coil. 

Iron loss occurred on average at 22.26W, and hysteresis loss was 

found to occur the most. 

 

IPMSM HEAT DISSIPATION CHARACTERISTICS 

USING ELECTROMAGNETIC-STRUCTURAL-

THERMAL FLUID COUPLED ANALYSIS 

A. Electromagnetic-Structural-Thermal Fluid Coupled Analysis 

 
To perform Electromagnetic-Structural-Thermal Fluid 

Coupled Analysis, IPMSM's Full Model was used (Figure 3). 

Modeling was carried out to reflect air in the empty inner space 

of the motor between the stator and the rotor. As the cooling 

jacket, the Helical Structure cooling jacket showing the shape 

inserted inside the housing and having the lowest flow resistance 

was selected. Copper loss and iron loss calculated through the 

electromagnetic analysis performed previously were applied to 

each component as the amount of heat per unit volume. 

 
Figure 2 IPMSM Full Model 

B. Statistical Analysis of Cooling Characteristics using Design 

of Experiments 

 

Design of Experiments (DOE) is a method for statistically 

analyzing data by identifying which variables have a significant 

effect on a response. Statistical analysis was performed on the 

number of windings, diameter, and flow rate with cooling 

water, which are factors affecting the heat generation of the 

motor. Table 2 represents the level for three factors. 

 

Table 2 Level and value of design factors 

Design 

Factor 

Number 

of passes 

Diamete

r [mm] 

Mass 

flow [NTU] 

Level 1 4 4 1.25 

Level 2 6 6 2.5 

Level 3 8 8 3.75 

Level 4 10 10 5 

 

Figure 4 (a), and (b) show the average analysis results for 

temperature and pressure drop, respectively. The higher the 

number of passes concerning the temperature, the larger the 

diameter, and the larger the flow rate, the lower the temperature. 

There is little change in temperature concerning the number of 

passes and diameter, but it shows a large change in flow rate. 

That is, the flow rate is a relatively important factor in the design 

variable for temperature. Concerning pressure drop, the smaller 

the number of passes, the larger the diameter, and the smaller the 

flow rate, the lower the pressure drop. In addition, the flow rate 

shows the largest change in the pressure drop and small changes 

in the order of diameter and number of passes. 

 

 
(a)                                     (b)       

Figure 4 Average analysis: (a) Temperature (b) Pressure 
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CONCLUSION  
 

In this study, electromagnetic-structural-thermal flow 

analysis was performed to analyze the exothermic characteristics 

of IPMSM, and design of experiments was performed to analyze 

the effect on the response of design factors. Copper loss and iron 

loss occurring in IPMSM were calculated through 

electromagnetic analysis, and electromagnetic-structural-

thermal fluid coupling analysis was performed by applying the 

calculated loss as a heat source. Through the design of the 

experiment method, the temperature and pressure drop of the 

motor according to the number, diameter, and flow rate of the 

IPMSM housing cooling water were statistically analyzed. It was 

confirmed that the design factor that had a major influence on 

temperature was flow rate, and the design factor that affected the 

pressure drop was flow rate, diameter, and the number of passes 

in the order of the number of passes. 
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ABSTRACT 
The heat transfer coefficient during evaporation of R290 and 

R1234yf inside multiport mini-channel tube is investigated in 

this study. The mass flux from 50-500 kg/m2s, heat flux of 3-12 

kW/m2, saturation temperature of 6oC, and range of vapor quality 

from 0 to 1 are applied as experimental conditions. The multiport 

mini-channel tubes are fabricated with length of 0.2 m and 

hydraulic diameter of 0.83 (Tube C) mm and 0.96 mm (Tube E). 

Machine learning could be used to improve the prediction 

accuracy. Artificial neural network (ANN) as a part of machine 

learning is used to predict the heat transfer coefficient of R290 

and R123yf inside multiport mini-channel tubes. The 

experimental data is used to train and test the ANN model to get 

the best prediction result. Therefore, ANN as a data-based model 

method could be used to improve the prediction accuracy of heat 

transfer coefficient in evaporation of R290 and R1234yf.  

INTRODUCTION 
 On designing an efficient system with the available 

alternative refrigerants such as R290 and R1234yf, especially on 

replaced the high GWP refrigerants, the multiport mini-channel 

tube could be a choice. The boiling heat transfer coefficient 

especially inside the multiport mini-channel tube has been 

studied [1-3]. They reported that the increasement of heat 

transfer coefficient influenced by mass flux, heat flux, and vapor 

quality. However, at the lower quality, mass flux is inexistent on 

influenced the heat transfer coefficient.  
The heat transfer coefficient is one of important factor on 

designing a heat exchanger or heat pump and other application, 

therefore, the prediction of heat transfer coefficient became an 

interested study A data-based model on predicting the boiling 

heat transfer coefficient have been introduced by many 

researchers. In 1966, Chen [4] proposed a correlation for boiling 

heat transfer coefficient. The two mechanisms of heat transfer 

coefficient: nucleate boiling and convective boiling, were 

modified by added the suppression factor S in nucleate boiling 

term, and enhancement factor F in convective boiling term. 

Followed by then, Chen correlation was using as a base 

correlation of superposition [5-7] and asymptotic model [8-10].  

Other than those prediction models, a computational method 

such as machine learning could be used as a convenient method 

to the prediction of heat transfer coefficient.  

NOMENCLATURE 

Dh [mm] Hydraulic diameter 

Bd Bond number, 𝐵𝑑 =
𝑔(𝜌𝑙−𝜌𝑣)𝐷ℎ

2

𝜎

Bo Boiling number, 𝐵𝑜 =
𝑞

𝐺ℎ𝑓𝑔

Co 
Convection number, 𝐶𝑜 = (

1−𝑥

𝑥
)

0.8

(
𝜌𝑙−𝜌𝑣

𝑑
)  

Fr Froude number, 𝐹𝑟 =
𝐺2

𝜌𝑙
2𝑔𝐷ℎ

G Mass flux (kg/m2s) 

Ga Galileo number, 𝐺𝑎 =
𝜌𝑙𝑔(𝜌𝑙−𝜌𝑣)𝑑3

𝜇𝑙

h [kW/m2K] heat transfer coefficient 

Pr Prandtl number, 𝑃𝑟 =
𝜇𝑣𝐶𝑝𝑣

𝑘𝑣

q [kW/m2] heat flux  

Re lReynold number, 𝑅𝑒 =
𝐺𝑥𝐷ℎ

𝜇

Su Suratman number, 𝑆𝑢 =
𝜎𝜌𝐷ℎ

𝜇2

T [oC] Temperature  

We Weber number, 𝑊𝑒 =
𝐺2𝐷ℎ

𝜌𝜎

x vapor quality 

Xtt Martinelli parameter,   

Special characters 

𝛽 aspect ratio 

𝜇 [Pa s] viscosity 

𝜌 [kg/m3] density 

𝜎 [N/m] surface tension 

Subscripts 

w,inlet wall inlet  
Sat saturation 

Artificial neural network as a subset of machine learning that 

working by searching through possibilities on prediction models 

for the model that best captures the relationship between 

descriptive features and target in dataset [11]. It could be used to 

train and test with experimental data to predict the heat transfer 

coefficient, several studies claimed that machine learning model 

could be used as an alternative prediction method of heat transfer 

coefficient [11-13]. However, the studies on machine learning to 

the prediction of heat transfer coefficient haven’t showed the 

improvement of prediction accuracy against the superposition 

model or asymptotic model.  

Therefore, this study aims to use a machine learning method 

as a convenient data-based model to the prediction of heat 
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transfer coefficient of R290 and R1234yf in evaporation inside a 

multiport mini-channel tube and compare it with superposition 

and asymptotic models.  

EXPERIMENTAL APPARATUS AND METHOD 
Considering a prediction model of heat transfer coefficient, 

the experimental study should be conducted on purpose to collate 

the heat transfer data.  Therefore, the experimental study of R290 

and R1234yf is conducted inside a multiport mini-channel tube. 

The schematic diagram of experimental apparatus is represented 

in Figure 1.  

 

Figure 1 Schematic diagram of experimental apparatus 

The experimental system is formed with two main loops: 

refrigerant loop and test section loop. The refrigerant is supplied 

to test section by controlling the refrigerant pump. The 

refrigerant will pass through the Coriolis mass flow meter where 

mass flux is varied from 50-500 kg/m2s by adjusting the pump 

speed. The subcooler is used to reject the pump heat. The power 

supply in pre-heater is used to charge vapor quality to the inlet 

of test section. 

Figure 2 Schematic diagram of test section 

 

The vapor phase in the outlet of test section will be condense 

in condenser and then accumulated at liquid receiver to be use 

for the next cycle. The test section in detail is represented in 

Figure 2. An aluminium multiport mini-channel tube with length 

of 0.2 m is heated with water loop. The channel geometry is 

showed in Table 1. To calculate the heat transfer coefficient, 12 

thermocouples were installed. 

 

Table 1 Channel Geometry 
Channel 

geometry 

n 𝛽 Width Height Dh Thickness 

Tube C 18 0.53 0.5 mm 1.3 mm 0.831 0.25 mm 

Tube E 9 0.6 0.7 mm 1.4 mm 0.969 0.34 mm 

 

The heat transfer coefficient is calculated with equation 1 

where the temperature different between saturated temperature 

and wall temperature is divided by heat flux. The heat flux varied 

from 3-6 kW/m2, vapor quality up to 1, and saturation 

temperature of 6oC. The pressure sensors were installed to 

measure the saturation condition included the pressure drop.  

ℎ =
𝑞

𝑇𝑤,𝑖𝑛𝑙𝑒𝑡−𝑇𝑠𝑎𝑡
   (1) 

ASSESSMENT OF EXPERIMENTAL RESULT 
The two mechanisms of heat transfer: nucleate boiling and 

convective boiling, could be analysed with substance properties 

and changes other factors through the influences of mass flux, 

heat flux, and vapor quality on heat transfer coefficient. Figure 3 

is showed the influences of mass flux on enhancement the heat 

transfer coefficient. The dominancy of convective boiling is 

showed by increasing the mass flux along with increased of 

vapor quality, the heat transfer coefficient is increased. The 

dominancy of nucleate boiling can be analysed in Figure 4 where 

the increasement of heat flux and vapor quality is enhanced the 

heat transfer coefficient.  

 
Figure 3 The influences of mass flux on heat transfer 

coefficient of R290 and R1234yf 
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Figure 4 The influences of heat flux on heat transfer 

coefficient of R290 and R1234yf 

 

The assessment of experimental data against superposition 

model and asymptotic model is analysed. The superposition 

model and asymptotic model are compared with experimental 

data as shown in Figure 5 and Figure 6, respectively. The error 

analysis is showed in equation 2.  

𝑴𝑫 =  
𝟏

𝒏
∑ |

𝒉𝒕𝒑_𝒑𝒓𝒆𝒅−𝒉𝒕𝒑_𝒆𝒙𝒑

𝒉𝒕𝒑_𝒆𝒙𝒑
|𝒏

𝒊=𝟎 × 𝟏𝟎𝟎%   (2) 

The superposition model correlation by Bertsch et al. [7] has 

mean deviation of have mean deviation of 33.63% for R290 and 

66.92% for R1234yf. While the asymptotic model correlation by 

Steiner and Taborek [9] is showed the mean deviation of 

130.43% for R290 which mean over predicted and 34.30% for 

R1234yf. Both of superposition and asymptotic model were 

failed to predict the heat transfer coefficient of R290 and 

R1234yf.  

 
Figure 5 Bertsch et al [7] correlation against experimental 

data of R290 and R1234yf 

 
Figure 6 Steiner and Taborek [9] correlation against 

experimental data of R290 and R1234yf 

ANN PREDICTION MODEL 
ANN is a mathematical model that tries to simulate the 

structure and functionalities of biological neural networks [15]. 

The neuron on the input is connected to output which sum of the 

weighted input and bias that passing through an activation 

function will generate the desired output as showed in Figure 7. 

The ANN model is written in Python language with Keras 

and Pandas libraires. Experimental data is divided into 80% for 

train and 20% for test the ANN model. The input for ANN 

prediction model on this study is consisted of measurement 

condition and dimensionless number. It was decided through the 

Pearson correlation coefficient that showed the relation between 

input and output parameter. Therefore, 20 input parameters (Frvo, 

Wevo, Frlo, Welo, G, Bd, Revo, Relo, Rev, Frvo, Wev, Rel, Wel, Frl, 

Psat, Ga, Prv, Suv, x, q) for R290 and 14 input parameters (Revo, 
G, Relo, Bd, Frvo, Wevo, Welo, Rev, Wev, Frv, q, Xtt, Prv, Bo) for 

R1234yf were decided. The hidden layer of (100,90,80,70) are 

applied to training and testing ANN model with experimental 

data. Those hidden layer is chosen from a trial with several 

combinations of hidden layer. The setting parameter is 

modification of setting parameter proposed by Qiu et al [11] as 

showed in Table 1, where the batch size is set into 20 rather than 

200, and the dropout or tolerance is set into 0.5 rather than 

0.0001. 

 
Figure 7 The architecture of ANN 

 

weight 

bias 

Ʃ 

Activation 

function 

output 

W1 

W2 

W3 

Wn 

b 

multiplicatio

n 

sum 

input 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 275 of 1061



  

  

Table 2 ANN model parameter 

Parameter Value 

Activation Function ReLU 

Optimizer Adam 

Loss function 
Mean Absolute 

error 

Batch size 20 

Epoch 1500 

Learning rate 0.001 

Exponential decay rate for estimates 

of first moment vector, β1 
0.9 

Exponential decay rate for estimates 

of second moment vector, β2  
0.999 

Dropout 0.5 

 

Finally, the result of ANN prediction model on heat transfer 

coefficient of R290 and R1234yf is represented in Figure 8. The 

prediction result for R290 and R1234yf have mean deviation of 

12.39% and 9.84%, respectively.  

 

Figure 8 ANN prediction model against experimental data 

of R290 and R1234yf 

CONCLUSION  
A data-based model on predicting the heat transfer 

coefficient in evaporation for R290 and R1234yf is analysed. 

ANN prediction model is proposed to predict the boiling heat 

transfer coefficient of R290 and R1234yf inside multiport mini-

channel tubes. Compared to superposition and asymptotic model 

correlation, the ANN prediction model is showed an 

improvement on prediction accuracy, results the mean deviation 

of 12.39% for R290 and 9.84% for R1234yf. Therefore, the ANN 

prediction model could be an alternative convenient prediction 

method as a data-based model on predicting the boiling heat 

transfer coefficient.  
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ABSTRACT 
Degassing capacity of water through bubbling under a 

vacuum condition near a vapor pressure is studied 

experimentally. The main purpose of the present study is to 

help understand the ruling physics of degassing that involve 

not only the solubility behavior of dissolved gas known as 

Henry's law on solubility but also the possible vapor-bubble 

diffusion near the vapor pressure level, and to demonstrate 

achievable dissolved oxygen (DO) level through the experiment 

based on our proposed deaeration process, a bubbling under a 

vacuum condition. Experimental results from a vacuum 

pressure level of 5 kPa at two different water temperatures of 

25 ℃ and 35 ℃, minimum DO concentrations of  2.4 %-atm or 

0.95mg/L at 25 ℃ and 1.2 %-atm or 0.39 mg/L at 35 ℃, 

respectively, demonstrate the degassing potential of the current 

approach and the effect of tension on the vapor bubble 

generation and diffusion. Through the present study, the effect 

of hydrostatic pressure on top of the ullage air pressure is also 

found to be an important parameter when vapor bubbles are to 

be generated under water. The power consumed for the precess 

is also reported for possible evaluation of economic and 

environmental feasibility of the process for general industrial 

degassing applications. 

INTRODUCTION 
Dissolved gas in liquids and its treatment has long been an 

interesting issue from many and diversified applications such as 

“artificial gills” [1], deaeration processes in food and beverage 

industry, and in energy industry [2-3]. The efforts to develop 

artificial gills include studies to develop underwater breathing 

systems that can directly extract and separate oxygen (DO) 

from water, most approaches of which rely on polymeric 

membrane technologies or hollow fibers to obtain DO from 

pressurized water as noted by Lee et al[1]. One of the key 

drawbacks of this pressure driven membrane technology is that 

the process requires significant amount of external energy 

mainly for pressurization. Deaeration refers to the removal of 

dissolved gases, such as oxygen, from liquids. Pressure 

deaerators, known to be the most efficient and are used in all 

the powerplants rely their operation on the diffusion of gas 

between oxygen-free steam and sprayed droplets, in which 

steam not only contributes to the diffusion of gas between the 

two phases (liquid phase droplets to gas-phase steam) but also 

heats the fine water droplets up near to saturation temperature 

to help evaporation [3]. Further, typical deaeration system as 

shown in Figure 1 is composed of highly pressurized feed water 

inlet, a deaerator vessel with necessary arrangements, steam 

supply, feed pump which make the system a bulky and highly 

energy consuming one. Before we discuss the details of the 

present approach, it would be better to review the physical 

principles that are related to deaeration.  

Figure 1 A typical spray deaerator layout [3] 

WORKING PRINCIPLES OF DEAERATION 

Solubility behavior with respect to temperature and 

pressure 

Solubility decreases with temperature as illustrated in 

Figure 2, while it is proportional to the partial pressure of solute 

gas, which is known as Henry's solubility law.  

Gaq=kPg (1) 

where 𝐺𝑎𝑞  is the solubility (mol/L∙atm), 𝑘 is Henry’s constant,

and 𝑃𝑔 is the partial pressure of a specific gas (atm). Figure 3

illustrates the solubility behavior of oxygen and nitrogen in 

water at 25 ℃ according to the Henry's law with the constant 

values shown in Table 1.  

While many industrial deaerators are being operated at high 

temperature close to saturation temperatur to achieve lower 

solubility typically along with pressurized conditions [3], a 

lower pressure operation option without the needs of massive  
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Figure 2 Oxygen solubility in fresh water [4]  

 

Figure 3  Solubility of oxygen and nitrogen in water at 

different pressure at 25 ℃  

heating is proposed in the present study.  

Suppose that we have fresh water in a closed tank under an 

equilibrium condition with a standard air of 20.9 % oxygen 

concentration at 25 ℃ and 1atm at the beginning, and we lower 

the tank pressure down by venting out the air in the ullage 

down to 0.1 atm, for example.  The solubility limit decreases by 

90%. That portion of super-saturated solutes, is in unstable state 

and can be eliminated without too much difficulty by 

generating bubbles in different ways. It is to be noted that the 

behavior of solubility with respect to pressure, however, has 

lower limit for application due to the phase change at low 

pressure near vapor pressure, below which the solvent water, at 

least theoretically, may not exist in a stable liquid state.    

 

Bubble Generation - Tension vs. Superheat 

Vapor bubbles are virtually cavitation bubbles that may 

appear when the local pressure diminishes down below the the 

vapor pressure of the liquid, which is  a  function  of  

Table 1 Henry's solubility law constants for oxygen and 

nitrogen in water at 25 ℃ 

Henry's constant Unit Value 

𝑘𝑂2
 

mol/(L·atm) 
1.28 × 10−3 

𝑘𝑁2
 6.48 × 10−4 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 4  Vapor bubble generation methods: heating vs. 

depressurization. (vapor pressure data for water from [5]   

temperature  as  illustrated in Figure 4 in the case of water.  

Heating is one option to obtain vapor bubble under a given 

pressure condition, for example 25 ℃ and 1 atm, in which case 

bubbling may be initiated at locations of super-heated surface 

after reaching the saturation temperature. In this process, heat 

energy is required for raising temperature and for phase change, 

the evaporation. In the mean time, to achieve the same goal of 

vapor bubble generation we can lower down the pressure below 

the vapor pressure maintaing the initial temperature (in other 

words, without any heating), in which the vapor bubbles are 

generated at locations of lower pressure below the vapor 

pressure. The vapor bubble generated in this way is called 

cavitation bubble. Typically the cavitation bubbles are 

generated at the suction side of the impeller blades as in the 

case of the propeller of ships.  
The necessary condition for bubble generation is known to 

be related to the extent of tension and the duration. In 

thermodynamics, the limit of local stability with respect to 

small fluctuations is defined as the spinodal curve, beyond 

which infinitesimally small fluctuations in composition and 

density will lead to phase separation via spinodal 

decomposition, while in between the saturation lines and the 

spinodal lines, the solution will be at least metastable with 

respect to fluctuations [6].  

If a pure liquid at the state A in the phase diagram as shown 

in Figure 5 is depressurized at constant temperature, and 

pressure is reduced below that of point B (the saturated vapor  

 

 

Figure 5 Typical phase diagrams [7] 
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pressure) without significant nucleation sites, the 

depressurization may lead to continuation of the state down the 

theoretical isotherm to a point such as D. A liquid at a point 

such as D is said to be in tension, the pressure difference 

between B and D being the magnitude of the tension. If one 

reach a point like D by proceeding along an isobar from a point 

such as D’ by increasing the temperature, then an equivalent 

description of the state at D is to call it superheated and to refer 

to the difference between the temperatures at D and D’ as the 

superheat [7]. 

 

Diffusion Potential of Steam and Vapor Bubbles 

Suppose that vapor bubbles are generated from originally 

saturated water body at 25 ℃ and 0.1 atm, in which the 

estimated equilibrium DO concentration from Eq. (1) becomes 

0.829 mg/L. The vapor pressure of pure water is known as 

0.0313 atm which is equivalent to 3.17 kPa assuming the 

standard atmospheric pressure of 101.3 kPa, at which the 

specific volumes of saturated water and saturated vapor are 

0.001003 m
3
/kg and 43.34 m

3
/kg, respectively [5]. Noting that 

the volume fraction of oxygen in the vapor bubbles is defined 

as the ratio of the volume occupied by oxygen with respect to 

the volume occupied by  the pure  water vapor and the oxygen, 

the volumes of oxygen and the pure water vapor out of 1 L of 

water become 

𝑉𝑂2
 =  

𝑚𝑅𝑇

𝑃
 =  

0.829×10−6𝑘𝑔×0.2598 𝑘𝐽/𝑘𝑔∙𝐾×298𝐾

0.1 𝑎𝑡𝑚 × 101.3 𝑘𝑃𝑎/𝑎𝑡𝑚
 =

 0.00634 𝐿  

and 

𝑉𝑣𝑎𝑝𝑜𝑟  =  
𝑚𝑅𝑇

𝑃
=

0.997𝑘𝑔×0.4615𝑘𝐽/𝑘𝑔∙𝐾×298𝐾

0.1 𝑎𝑡𝑚 × 101.3 𝑘𝑃𝑎/𝑎𝑡𝑚
= 13,536 𝐿, 

respectively, and the resulting oxygen concentration 𝐶 becomes  

𝐶 =  
𝑉𝑂2

𝑉𝑚𝑖𝑥

 =  
𝑉𝑂2

𝑉𝑂2
+ 𝑣𝑣𝑎𝑝𝑜𝑟

 =  
0.00634

0.00634 + 13,536
 

=  5 × 10−5 %, 

which is virtually nil. The above estimated result on the oxygen 

concentration inside the vapor bubble supports the use of steam 

in conventional deaeration process and we claim that the same 

effect would be possible if we can generate vapor bubbles at 

lower pressure. 

The driving mechanism of mass transfer in this case is diffu

sion that is governed by the Fick’s law [8], which 

states  that  the mass  transfer rate is proportional to the contact 

area and the concentration gradient, with a proportionality 

constant called diffusion coefficient in Eq. (2).   

 𝐽 = 𝐷
𝑑𝐶

𝑑𝑥
                                               (2) 

Here J represents the diffusion flux in mole/(m
2
·s), D the 

diffusion coefficient, and dC/dx the concentration gradient, 

respectively. For multi-phase systems as bubble-diffusion, a 

modified version of the relation as shown in Eq. (3) is 

applicable, in which, instead of using the concentration 

gradient, difference in concentration between the phase, that is, 

between the inside vapor bubble and the outside liquid water 

body, are used with a due proportionality constants as shown in 

McGinnis et al [9]: 

𝐽 = 𝐾𝐿(𝐶𝑠 − 𝐶)                             (3)  

where  

𝐾𝐿  = liquid-side mass transfer coefficient, 

𝐶𝑠 = equilibrium concentration at vapor/water interface,  

𝐶 = concentration of aqueous phase 

with 𝐾𝐿 = 0.6𝑟 for 𝑟 < 6.67 × 10−4𝑚 and 

   𝐾𝐿 = 4 × 104 for 𝑟 ≥ 6.67 × 10−4𝑚 for water. 

Even though the diffusion rate information is available, to 

estimate the total amount of diffusion, further information on 

bubble dynamics including the size distribution is required.  

 

Study Goal  

Lower pressure operation did not get due attention so far, 

mainly because of the difficulty of getting a desired vacuum 

condition in real situations, however, recent advances in 

industry development such as a semiconductor manufacturing 

processes, vacuuming devices at diffrent degrees of vacuum 

level, Table 2, are being extensively used. Our claim is that we 

can utilize the current technology to achieve the desired 

deaeration with a simpler and more economic way by bubbling 

at lower pressure operation. To demonstrate the feasibility of 

the proposed degassing process, we prepared a unique 

experimental apparatus [11]. In the present study, the discussion 

is extended to the vacuum pressure level near the saturation 

pressure in order to investigate the issues related to the vapor 

bubble contribution to degassing of oxygen  at which the 

Henry's solubility law no more applicable.  

Table 2 Degrees of vacuum and their pressure boundaries [10] 

 

METHODS OF APPROACH 
 

Experimental Setup and Test Methods 

Figure 6 illustrates the test apparatus used in the present 

study, which is composed of a sealed water tank with a 

depressurization system, a ventury-type micro-bubble 

generator, a gas collector hood, and a measurement system. The 

water tank, 0.65 m(L) x 0.65 m(W) x 1.0 m(H) in size, is 

equipped with two large viewing windows as shown in Figure 

7, through which actual phenomena during the test could be 

visually monitored. A gas collector hood is installed inside the 

tank for capturing the extracted dissolved gas.  
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Figure 6 Test apparatus for degassing 

 

Figure 7  Test apparatus showing the water tank with a gas 

collector hood inside. 

In the present study, cavitation bubbling is realized by 

lowering the local pressure at the ventury nozzle throat through 

which flow is induced by a 12 V DC water pump along with the 

depressurization of the ullage space using a vacuum generator 

(E-Hwa Techno Ltd., FOCUS EV-15HS). The ventury-type 

bubble generator is submerged at 0.8m deep from the water 

surface in the present study. The extracted gas through bubbling 

is then collected under a gas collector hood inside the tank. 

Once enough volume is captured, degassing is stopped and the 

tank pressure is recovered to the atmospheric pressure for DO 

measurement, which constitutes one session of dagassing. The 

procedure is briefly illustrated in Figure 8.  

 
Figure 8 Testing procedure for degassing and measurements 

(Steps (3) to (5) are repeated per each session.). 

 

Figure 9  Estimated two test conditions at  ventury nozzle 

throat (Depth from water surface = 0.8 m, Ullage pressure = 5 

kPa) 

Test Conditions  

Two test conditions are selected to investigate the effect of 

degree of tension on the bubble generation and on the resulting 

level of degassing as shown in Figure 9. With an achievable 

lowest tank pressure in the present test setup of 5 kPa, a rough 

estimation on the thermodynamic states at nozzle throat is 

conducted at two different temperature conditions, 25 ℃ and 

35 ℃, respectively, considering the hydrostatic pressure effect 

and pump performance characteristics.  

Assuming a pump efficiency of the radial submersible pump 

to be 0.5 considering the operation point is a little far away 

from the design point, and considering the losses of inlet, 

contraction and difusion through the venturi nozzle, Figure 10, 

with the input electric power consumption of 23.4 

Watt(7.8 𝑉 ×  3 .0𝐴), the mass flow rate through the venturi 

nozzle flow rate and the corresponding pressure difference 

between the inlet and the nozzle are estimated to be 13.42 lpm 

and 9.65 kPa [12, 13]. Considering the ullage pressure of 5 kPa, 

the hydroststic pressure due to 0.8 m depth of 7.8 kPa and the 

pressure difference between the nozzle and the exit at the 

specified flow rate of 9.65 kPa, the estimated minimum 

pressure at the throat are estimated to be (5+7.8-9.65) = 3.15 

kPa. Now noting that the vapor pressures of water 

corresponding to 25 ℃ and 35 ℃ being 3.2 kPa and 5.6 kPa, 

respectively, the tensions for each case is found to be (3.2-3.15) 

= 0.05 kPa (case 1) and (5.6-3.15) = 2.45 kPa (case 2), 

respectively. Note that the former is very close to the vapor 

pressure at the specified temperature while the latter is in sub-

vapor pressure with a tension  as in shown in Figure 9. 

 

Figure 10  Ventury nozzle configuration for bubble generation 

(Flow direction is from right to left; not in scale). 
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Fig. 11  DO concentration development of 422 L of water 

during degassing through bubbling under a vacuum condition 

(ullage pressure of 5 kPa, bubbling depth of 0.8 m)  

TRENDS AND RESULTS  
Figure 11 shows a typical temperature and pressure 

behavior during a depressurization session (case 1). Due to the 

very limited ullage volume about 2 liters, the initial 

depressurization down to 10 kPa could be obtained in less than 

2 minutes, and the degassing session is completed in about 30 

minutes. Representing an early stage of degassing sessions, the 

pressure level in Figure 11, once lowered to 5 kPa, increases 

thereafter due to the newly generated gas volume inside the 

tank resulting from a massive bubbling as shown in Figure 12.  

Total of 13 sessions of degassing experiments are conducted 

in the present study. The fore-going eight sessions (#1 to #8) 

are conducted at water temperature of around 25 ℃ (case 1), 

while for the following five sessions (#9 to #13) the 

temperature is raised and maintained around 35 ℃ (case 2). 

The measurement of DO concentration is conducted after each 

degassing session at atmospheric condition, in order to avoid 

the intervention of bubbles on the DO sensor membrane. In 

order to estimate the solubility at raised temperature, a 

temperature correlation is used [9].  

Figure 13 shows the DO measurement results that are 

conducted at the end of each session of degassing. For this, the 

DO sensor is stabilized outside of water for each measurement 

 

 

Figure 12  A captured view of degassing in the early stage of 

session 1  

 

Figure 13  DO concentration measurement results for 

individual degassing sessions (Some of the session data that 

contain only the final values are shown in the figure.)  

and is inserted to degassed water. It is found in the present 

study that the DO level initially increases when the sensor is 

inserted into water and then decreases down to the stable level, 

which decreases as the sessions are repeated. It is to be noted 

that for the DO measurement with the present polarographic 

DO sensor [14], 5 to 10 minutes are necessary to reach a stable 

DO concentration.  Note that, for example, 1 %-atm DO 

reading at 25 ℃ and 35 ℃ water corresponds to 0.397 𝑚𝑔/
𝐿1

and  0.323 𝑚𝑔/𝐿,
2
 respectively, considering the dependency 

of Henry's solubility constant of oxygen in water [9].  

Figure 14 illustrates the DO evolution with respect to time 

duration of degassing for the present 422 liters of water. 

According to the test results, the DO concentration in case 1 

sessions (#1 to #8) at 25 ℃ decreases very fast from a saturated 

condition of 22.8 % down to less than 5 % in about 258 

minutes (4 hours and 18 minutes), followed by mild decrease. 

The final DO concentration in case 1 sessions is found to be 

2.4 %(0.95 mg/L) after the total degassing time duration of 

1,048 minutes(17 hours and 28 minutes). The case 2 sessions 

are followed from case 1 sessions with some making up of 

water and raising up water temperature to 35 ℃. DO 

concentration in case 2 sessions (#9 to #13) further decreases to 

1.2 %(0.40 mg/L) in  additional 791 minutes(13 hours and 11 

minutes), the level of which satisfies the specification of the 

highest deaerator performance requirements, less than 0.5 mg/L, 

of typical membrane type deaerators in terms of DO 

concentration. Noting that the power input for bubbling in the 

present experiments is 23.4 𝑊  × 1839/60ℎ𝑟 = 717.2𝑊ℎ in 

addition to the energy used for vacuuming, the power 

consumption for this process seems very limited.  

The difference between the two test conditions, case 1 and 

case 2, lies in the temperature by 10 ℃, which moves the 

operating condition from a very close to the saturation line to a 

point with measurble tension (estimated tension of  2.45 kPa at 

                                                 
1
 1.28 × 10−3 × (1 − 0.0313) × 0.01 × 32 × 1000 =

 0.397 𝑚𝑔/𝐿 
2
 1.07 × 10−3 × (1 − 0.0556) × 0.01 × 32 × 1000 =

 0.323 𝑚𝑔/𝐿 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 281 of 1061



    

Table 3 Test results summary for 13 degassing sessions 

 
 

 

Fig. 14  DO concentration development of 422 L of water 

during degassing through bubbling under a vacuum condition 

(Ullage pressure of 5 kPa, bubbling depth of 0.8 m)  

35 ℃), in which vapor bubbles may be generated and  

maintained for a limited time period. Considering the vapor 

pressure of water at 35 ℃ is 5.63 kPa and the corresponding 

solubility of water being 1.80 mg/L, the obtained lower DO 

concentration explains that the contribution from vapor bubbles 

is apparent. However, due to the thermodynamic condition 

outside the ventury nozzle is still much higher (12.8 kPa at 

0.8m depth with 5 kPa ullage pressure) than the vapor pressure 

(5.63 kPa) the lifetime of the vapor bubbles seems very short, 

and the resulting vapor-bubble diffusion contribution seems 

limited in the present study.  

CONCLUSION  
 

An investigation on the degassing mechanism of dissolved 

oxygen from water through bubbling at low pressure near vapor 

pressure is conducted with experiments. According to the 

present study results, it is found that degassing down to DO 

concentrations of 2.4 %-atm or 0.95 mg/L at 25 ℃ and 1.2 %-

atm or 0.39 mg/L at 35 ℃, respectively, cound be realized 

through the present approach. Higher rate of reduction in DO is 

observed followed by an exponential decrease and 422 L of 

fresh tap water could be degassed below the DO level of 5 %-

atm in less than 4 hours, at the pumping energy consumption 

for bubbling of 23.4𝑊 ×  4ℎ𝑟 =  93.6𝑊ℎ  on top of the 

energy used for vacuuming, in the present study.  

The contribution of vapor bubbles in the present study 

seems limited in that the conditions for vapor bubble generation 

is not significant (estimated tension of  2.45 kPa at 35 ℃) and 

naturally a further study at higher tension is desired.  

In a practical point of view, the level of the demonstrated 

degassing satisfies the requirements of most industrial 

applications including those for semiconductor manufacturing 

processes. Also the proposed degassing process seems ready to 

be served as an innovative yet energy-saving alternative one for 

deaeration.  
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ABSTRACT 
A passive cooling strategy can reduce energy consumption 

for cooling in a hot and humid climate. The implementation of 
natural ventilation as one of the passive cooling strategies can be 
justified in a transit corridor given the large spaces, high air 
changes due to frequent entrance and exits, and broader indoor 
temperature acceptance of the occupants. This study presents a 
passive cooling system design for a transit corridor in an 
apartment building adjacent to a railway commuter train station 
as part of a Transit-Oriented Development in Jakarta, Indonesia. 
The design of architectural elements and natural ventilation 
systems are analyzed to manage the required ventilation rates 
and meet the cooling load. Shading and overhangs in the building 
façade are examined. cooling load from solar radiation, heat 
conduction, occupants, lighting, and appliances are taken into 
account. Airflow distribution from openings to internal spaces is 
analyzed using computational fluid dynamics. Finally, an 
evaluation of the design’s performance in providing comfort to 
occupants as well as recommendations for further improvements 
is presented. 

INTRODUCTION 

Air conditioning can take about 40% of the energy 
consumption in building [1]. However, it is often required to 
provide thermal comfort to the occupants. In the hot and humid 
climate, the air conditioning is predominantly in the cooling 
mode, whereof the cooling is satisfied through both active and 
passive cooling techniques. In passive cooling systems, this 
thermal comfort requirement is significantly influenced by the 
ventilation rate which must overcome the generated heat in the 
building as well as provide the required amount of fresh air [2]-
[5]. 

Ventilation is the process of exchanging air by regulating the 
entry of fresh air into the room and exhausting stuffy air. 
Ventilation is one of the most important engineering controls 
available in buildings to improve or maintain the air quality in 
the work environment. Broadly, the definition of ventilation is a 
method of controlling the environment by airflow. One of the 
criteria for the ventilation rate is that it must be able to remove 
heat from the space. 

NOMENCLATURE 

ACH [-] Air change rate pr-hour 
cp [J/kg.K] Specific heat capacity 
h [W] Thermal (heat/cooling) load
Q [cfm] Ventilation rate 
V [m3] Volume 

Special characters 
 [kg/m3] density 

The rate at which heat must be removed from the spaces to 
maintain thermal comfort is defined as a space cooling load [6]. 
Cooling load is actually the amount of heat transferred by the air 
conditioning system [3]–[5]. The heat that must be removed 
consists of external loads and internal loads.  

External load is heat that enters from the environment into a 
room or building. This load can occur due to conduction transfer 
and solar radiation. On the other hand, the internal load occurs 
in the room due to human activities, which include: the cooling 
load of the occupants, lighting as well as the load of equipment 
that generates heat for example computers, stoves, machines, and 
others. 

The cooling load is in the form of heat, the heat is grouped 
into two types, namely sensible heat and latent heat. Sensible 
heat is heat that causes a change in temperature without a phase 
change. Any heat source that can increase the room temperature 
is characterized by an increase in dry bulb temperature which 
will add a sensible cooling load into the room. Sensible cooling 
load is total of: heat transmitted through floors, ceilings or walls, 
occupant’s body heat, appliance and lightings, solar heat gain 
through glass, infiltration, and air introduced by ventilation. 

Latent heat is heat that causes a phase change without causing 
a change in temperature, each heat source can increase the latent 
load. Latent cooling load is total of moisture outside air form 
infiltration and ventilation, occupant's respiration and activities, 
and moisture from equipment and appliances. To maintain a 
constant humidity ratio, water vapor must condense on cooling 
apparatus that has an equal rate as its addition into a space. 
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Figure 1 Sources of cooling load 

 
By using passive cooling, the cooling must be able to reach 

the specified cooling load. However, if using passive cooling is 
not sufficient for the desired load, it is necessary to add several 
other types of cooling. 

The purpose of designing a ventilation system is to determine 
ventilation levels to maintain acceptable temperature, humidity, 
and contaminant levels in the building. In order to determine the 
ventilation rate, it is necessary to calculate the heat balance of 
the building envelope and the required amount of fresh air for 
occupants. 

This study aims to design a passive cooling system for a 
transit corridor in an apartment building as part of a Transit-
Oriented Development in Jakarta, Indonesia. The design of 
architectural elements and natural ventilation systems are 
analysed to meet the cooling load and manage the required 
ventilation rates. 

METHODOLOGY 
 
The building under consideration is a transit corridor in an 

apartment building adjacent to a railway commuter train station 
as part of a Transit-Oriented Development as depicted in Figure 
2. The corridor connects the apartment building with the train 
station and provide passage for passenger to enter and exit the 
train station. The corridor is located in the 2nd floor with total 
area of ~3602 m² including parking area. The occupied area 
under natural ventilation consideration is indicated with blue 
coloured area in Figure 2 with total area of ~ 2540 m². 

In designing the architectural elements of the ventilation, the 
focus is given on the shape of the ventilation openings of the 
cross-ventilation technique to maximize passive cooling by heat 
removal. As depicted in Figure 3, for the western part of the 
building there is no obstacle to the air entry opening because it 
is directly opposite the highway. Since the air in Jakarta is mostly 
directed from the west or northeast, so the design result in that 
the western area is maximized to receive air and at the same time 
expel it. On the east-side there are ventilation openings that serve 
as a leeway. 

The design of the façade for shading is shown in Figure 4. 
The main function of shading is to inhibit direct heat absorption 
in the main building, besides that shading is also used to reduce 
the amount of heat absorbed, and to maintain radiant heat so that 
the interior space is not exposed to direct sunlight. 

 
Figure 2 Area: (a) perspective, (b) floor plan 

 

 
Figure 3 Ventilation opening: (a) windward west side and (b) 

leeward east side 
 

 
Figure 4 Shading design 
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This shading also has a function to direct the incoming wind 
towards the bottom for the entry of air with respect to the room 
user. If there is no gap, there is horizontal and vertical shading, 
then the incoming air will point upwards rather than downwards 
where the user is and moves. By applying radiant heat on the 
west and east side of the building as shown in Figure 4, it will 
affect the intensity of the incoming air, and also block the direct 
entry of heat into the building. 

Based on the design assumption of this building, passive 
cooling by ventilation is able to reduce the heat gain that occurs 
in the building, but it is not yet known whether it removes all 
thermal loads or requires additional cooling to achieve the 
thermal comfort required by the users of this building. With that 
in mind, this study performs cooling load estimation to 
determine whether the ventilation design that has been made is 
sufficient or needs to be added. 

A case study of ventilation rata calculation is performed in 
transit corridor in an apartment building adjacent to a railway 
commuter train station as part of a Transit-Oriented 
Development in Jakarta, Indonesia. The purposes of this kind of 
apartment concept are to increase the supply of housing within 
the city, as well as reduce congestion. This flat is connected to a 
commuter train station and bus. 

The zone that is be calculated in this study is on the second 
floor of this apartment building, which includes a business area 
and pedestrian traffic to the train station. The second-floor 
orthogonal plan can be seen in Figure 2 above. By location, the 
train station is located on the east side of the building, and only 
has two floors. As for the parking location, it is in a setting, 
closed from the highway. The pedestrian path covers the entire 
west side area whose views directly meet the road. 

Calculation of the cooling load is divided into two, namely 
the calculation of external and internal loads. In this case, the 
calculation of external cooling load is divided into conduction 
load and solar radiation, whilst the internal load contribution is 
divided into occupants, lighting and appliances. 

The performance of the natural ventilation techniques can be 
assessed from two criteria, namely heat dissipation and air 
change method. The heat dissipation criteria requires that the 
amount of ventilation rate should be sufficient to remove all heat 
generated in the space. On the other hand, the air change method 
criteria requires that the amount of ventilation rate should be able 
to satisfy the minimum air change rate in the space. 

RESULTS AND DISCUSSIONS 
 
The cooling load calculation is summarized in Table 1. The 

conduction heat from the window is neglected because the 
design that uses natural ventilation relies on direct openings, 
while the heat from the roof is also neglected due to the location 
of the room under another floor where the air has been actively 
conditioned. The cooling load from conduction is calculated to 
be 44,974 W. The heat from solar radiation that heats the facade 
of the design room is 49,875 W. This load is dominated by 
openings in the east and west.  

The internal cooling load from the occupants is calculated 
based on the number of occupants in the design room and the  

TABLE 1 Cooling load 

  
Component  Cooling load (W)  

External Conduction                     44,974  
 

Solar radiation 
 

 
East side                        4,390  

 
West side                     45,485  

Internal Occupant                     36,140  
 

Lighting                        3,020  
 

Appliances                     92,435  

Total                   226,444  

 
heat released by each occupant in the form of latent heat and 
sensible heat. Latent heat is generated from the evaporation of 
fluids from the body either through respiration or perspiration. 
Sensible heat is generated by the occupants due to the difference 
in body temperature with the environment. The number of 
occupants is 278 persons which is calculated from the designed 
traffic and stationary personnel in the area. The total cooling load 
from the occupant is 36,140 W. 

The cooling load of the lighting is calculated from the 
number of lamps used and the lamp heat coefficient. The cooling 
load for lighting is 3,020 W. 

The cooling load of the equipment is dominated by the gas-
fuelled stove equipment used by the restaurant. In addition, there 
are computers that also emit heat that are considered. The 
appliances heat generation accounts for the majority of the load 
in the amount of 92,435 W. 

Based on the above calculation, the total cooling load in the 
space is 226,444 W. 

Analysis of air flow in the natural ventilation design using a 
wind speed scenario of 1 m/s and 3.4 m/s from the west. This 
speed is the speed obtained from the average wind speed in the 
annual weather data for the city of Jakarta. 

An analysis of the adequacy of passive cooling that relies on 
natural ventilation can be done by comparing the ventilation rate 
as a result of the design with the required ventilation rate 
requirements. By using the incoming wind speed from the west 
of 1 m/s and the existing openings of 191 m2, the ventilation rate 
is 191 m3/s or 404,729 cfm. The summary of the analysis is 
depicted in Table 2. 

 
TABLE 2 Ventilation rate 

  
Component Unit Magnitude 

Design rate Wind velocity m/s                    1  

Windward opening m2                191  

Ventilation rate cfm        404,729  

Heat removal 
criteria 

Cooling load W        226,444  

Ventilation rate cfm           43,825  

Air change 
rate 

Space volume m3           14,732  

ACH -                  12  
 

Ventilation rate cfm        104,008  
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The need for ventilation rate requirements is based on heat 
dissipation criteria where the ventilation rate must be able to 
transfer the heat generated in the room. 

 

𝑄 =  
× × ×∆

   (1) 

 
Where Q is the ventilation rate in cfm, h is the heat removed 

(Btu/hr). The need for ventilation rate requirements based on this 
criterion is 43,825 cfm. 

The need for ventilation rate requirements is based on the 
criteria for fresh air requirements called the air change method, 
where the ventilation rate must be able to move air in the room 
by entering outside air. 

𝑄 =  
 ×

 
   (2) 

 
Where Q is the ventilation rate in cfm, ACH is air change rate 

per hour. The need for ventilation rate requirements based on this 
criterion is 104,008 cfm. 

Based on these data, the design ventilation rate of 404,729 
cfm is able to meet the ventilation rate requirements based on 
heat transfer of 43,825 cfm and air replacement of 104,008 cfm. 

In general, a ventilation rate that meets the criteria can be 
used. However, a more detailed analysis of local ventilation 
should be carried out because airflow varies greatly based on the 
presence of wall contours or other features. 

In this study, the local historical wind speed data and 
direction are considered. The wind speed analyzed as the worst-
case scenario is blowing from the west to the east part. The speed 
is chosen by averaging the wind speed data and the direction of 
the building's weather and climate data. 

A geometry model of building's floor is created using 3D 
modeling Computer Aided Design by SOLIDWORKS. The 
domain has a dimension 160 m in length and 80 m in width. The 
layout and the model are shown below in Figure 5. 
The simulation uses FLUENT academic version to fulfill the 
computational data. This simulation performed in 2D domain 
with k-ɛ standard viscous model [10] with boundary conditions 
values set in Table 3. The inlet was varied based on the real 
conditions maximum and minimum, the value of velocity inlet 
was 3.4 m/s and 1 m/s. The outside temperature was set in 27 °C. 
Furthermore, the outlet section in this simulation used 0 Pa  

 
Figure 5 Boundary conditions of airflow simulation 

TABLE 3 Boundary conditions for airflow distribution 
 

Velocity inlet 3.4 m/s and 1 m/s 
Pressure outlet 0 Pa 
Temperature 27°C 

 
of inlet pressure which means equal to the atmospheric pressure 
on the system. 

Detailed airflow analysis can use computational fluid 
dynamics (CFD) which is presented in figures 6 and 7. As shown 
in Figure 6, at the incoming wind speed from the west of 1 m/s, 
it can be seen in the figure that there are areas in the room with 
low airflow velocity indicated in blue with a speed of 0-0.5 m/s. 
This air flow speed requires additional fans to create air flow. 

 
Figure 6 Airflow distribution at wind velocity of 1 m/s 

 
At the incoming wind speed from the west of 3.4 m/s, it can 

be seen in the Figure 7 that the areas in the room with low airflow 
velocity indicated in blue with a speed of 0-0.5 m/s were 
significantly reduced. The speed of air flow in this area requires 
additional fans to create airflow. 

 

  
Figure 7 Airflow distribution at wind velocity of 3.4 m/s 

Based on the above figures, thermal comfort has been 
achieved in terms of heat load and rate ventilation from the 
proposed design. The indoor temperature will not drops far from 
the outside temperature, but thermal comfort can still be 
achieved because the air velocity is higher, except at the location 
where the air velocity is low. Ventilation design and calculation 
of ventilation rate in 2nd floor of the building is sufficient with 
some additional designs and can be used for the area. 

To provide better ventilation, ceiling and exaust fan can be 
added regarding the façade position. Additional mechanical 
fan/exhaust will affect thermal comfort by increasing the indoor 
air velocity [6], [7]. The indoor air velocity will increase up to 
1,5 m/s three times the diameters of the fan in front of the fan 
face [7]. Furthermore, adding a ceiling fan will reduce the air 
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temperature to 3,5 oC. A combination of natural ventilation 
(passive cooling) and exhaust fan can potentially improve 
thermal comfort [8].  

 
 

CONCLUSION  
 

A passive cooling strategy can reduce energy consumption 
for cooling in a hot and humid climate. The implementation of 
natural ventilation as one of the passive cooling strategies can be 
justified in a transit corridor given the large spaces, high air 
changes due to frequent entrance and exits, and broader indoor 
temperature acceptance of the occupants. In this study, a natural 
cross-ventilation for a transit corridor space is designed and 
analysed. The wide opening on the west and east sides of the 
space and modified façade shading in the form of overhang 
panels results in sufficient ventilation rates. The performance of 
ventilation system is analyzed based on required ventilation rates 
of heat dissipation and air change rate per-hour method. 

Although the ventilation rate is sufficient in overall space, a 
CFD analysis indicates that several areas have low air velocity 
due to air flow barriers. For these areas, mechanical ventilation 
such as fans are required. 
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ABSTRACT 

There is growing interest in renewable energy technologies, 

particularly concentrated solar power (CSP) plants utilising 

supercritical carbon dioxide (sCO2) as a working fluid. 

Currently, no such plant exists at the utility scale, and little is 

known about the heat rejection systems of such plants. In the 

present work, a one-dimensional (1D) thermal-fluid network 

model of a forced draught air-cooled heat rejection system 

is developed for a 50 MWe sCO2-CSP plant using opensource 

software libraries in Python 3.8.5. The heat rejection system 

consists of cooling cells, each with horizontal multi-pass 

staggered finned tube banks employing axial forced draft fans. 

In contrast to other studies, the design considers the mechanical 

integrity of the components e.g. tube wall thickness and the 

availability of standard components e.g. commercial fans. The 

number of cooling cells, fan selection, and tube geometry is 

determined by coupling the heat rejection system model to a 

sCO2 power cycle model developed by others, and then selecting 

pre-cooler (PC) and intercooler (IC) designs which maximise 

cycle efficiency. The findings indicate that cycle efficiency 

increases with increased tube longitudinal pitch, and reduced 

tube transverse and fin pitch for both coolers. However, any 

optimisation of the PC and IC needs to be performed together, 

and also with the cycle model for the best results. Furthermore, 

an increase in the thermal efficiency of the power cycle was 

realised when including detailed cooler models, demonstrating 

the value of including more detailed models in cycle-level 

studies. The methodology applied in this work may be used in 

future studies to size heat rejection systems for sCO2-CSP plants. 

INTRODUCTION 

Worldwide, there is a growing interest in generating 

electricity using CSP [1]. To maximise the available solar 

resources and reduce plant costs, sCO2 power cycles have been 

identified as a potential replacement for steam-based (Rankine) 

power cycles [2]. This is because sCO2-CSP plants have the 

potential to achieve higher thermal efficiencies when compared 

to steam-based CSP plants [3], [4]. They also have the potential 

to occupy a smaller plant footprint, possibly 4 times smaller, and 

operate at lower pressures [2]. Another benefit of sCO2 cycles 

relative to steam-based cycles is that the fluid remains in one 

phase throughout the process. According to Kruizenga et al. [5], 

this greatly reduces the complexity involved in plant design. 

Despite the many benefits, current sCO2 technologies are 

relatively immature and no utility-scale sCO2 CSP plant exists. 

If these plants are to be realised, there is a need to determine the 

layout, specifications, and operating philosophy of the various 

subsystems of the power cycle, such as the heat-rejection system. 

CSP plants are likely to be developed in dry, arid regions where 

high levels of direct normal irradiation (DNI) would be  

NOMENCLATURE 

Standard characters 

𝐴 [m2] Area 

𝑑 [m] Diameter 

𝑓𝐷 [-] Darcy friction factor 

ℎ [W/m2.K] Heat transfer coefficient 

𝑘 [W/m·K] Thermal conductivity 

𝐾 [-] Pressure loss/ form factor  

𝐿 [m] Length 

�̇� [kg/s] Mass flow rate 

𝑛 [-] Number of 

𝑁𝑢 [-] Nusselt number 

𝑃 [MPa] Pressure 

𝑃𝑟 [-] Prandtl number 

�̇� [kW] Rate of heat transfer 

𝑅 [W/K] Thermal resistance 

𝑟 [m] Radius 

𝑆 [m] Tube pitch 

𝑆𝐹 [-] Safety factor 

SOP [kW] Send-out-power 

𝑇 [℃] Temperature 

𝑡 [mm] Thickness 

𝑈𝐴 [W/K] Conductance 

𝑣 [m/s] Velocity  

𝑌𝑠 [MPa] Yield stress (allowable stress) 

Special characters 

σ [-] Ratio of free flow to frontal area 

𝜂 [-] Efficiency 

𝜌 [kg/m3] Density 

∆ [-] Change in 

Subscripts 

𝑐 [-] Cold 

ℎ [-] Hot 

𝐿 [-] Longitudinal 

𝑇 [-] Transverse 

advantageous [6]. Where this is the case, dry-cooling, which uses 

ambient air to cool the process fluid, becomes an important 

consideration because water is not needed. However, there are 

drawbacks to the use of dry-cooling when compared to wet 

cooling methods. These include a drop in cycle thermal 

efficiency when compared with wet cooling methods and an 

increased sensitivity to varying ambient conditions such as 

crosswinds and air temperature [7], [8]. On the other hand, 

dry-coolers are flexible systems that can operate in almost any 

location and depending on the design minimum temperature of 

the cycle, a drop in cycle thermal efficiency may not even be 

realised. It is therefore necessary to investigate the use of these 

systems for sCO2-CSP plants. 

LITERATURE REVIEW 

In both direct and indirect air cooled systems, either natural 

draft dry cooling towers (NDDCTs) or mechanical draft coolers 

are used for heat rejection. Both cooler types have been 

investigated for solar and nuclear power sCO2 applications. 

NDDCTs eliminate parasitic fan power and reduce maintenance 

costs [9] when compared to mechanical draft systems. However, 
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the performance of NDDCTs are extremely sensitive to ambient 

air temperatures and crosswinds [10], [11]. 

Monjurul Ehsan et al. [8] studied NDDCTs for partial cooling 

and recompression sCO2 cycle configurations. The NDDCT 

modelling method from Kröger [12] and sCO2 heat transfer 

coefficients from Yoon et al. [13] were used. It was found that 

the recompression cycle achieves higher efficiencies, and that 

the system is very sensitive to ambient air temperature. 

Duniam et al. [7] compared direct and indirect NDDCTs 

specifically for CSP applications. They found that direct coolers 

require less heat transfer area but at the cost of reduced control. 

It was also shown that at low ambient air temperatures, both 

direct and indirect NDDCTs over-cool the cycle. 

Gavic [14] investigated different cooling methods for sCO2 

cycle applications, including direct and indirect cooling of sCO2. 

Heat transfer was determined using the ε-NTU method and 

discretisation of the heat exchanger accounted for variation in 

fluid properties. He found that direct cooling methods perform 

better than an indirect methods due to reduced cooler sizes and 

auxiliary loads. However, Gavic [14] did not consider tube wall 

thickness which is important in high-pressure applications. 

Furthermore, Gavic [14] used fixed fan powers and finned tube 

configurations which limited the scope of the analysis.  

Deshmukh & Kapat [15] analysed the effect of a forced draft 

direct dry-cooler on the pinch point (see Dostal, Hejzlar & 

Driscoll [16]) in a 100 MWe recuperative Brayton cycle. 

Steady-state cooler designs were defined by setting air mass flow 

rates and integrated into a cycle model. Detailed cooler designs 

were also generated for a transient analysis using a discretised 

lumped parameter approach and constant air mass flow rates. It 

was found that large dry-coolers, while attractive from an 

efficiency perspective, lead to pinch point issues and will require 

robust design and controls. The research provides a good 

framework for sCO2 dry-cooler design and shows the importance 

of discretised models when cooling near the critical point of CO2 

(30.98 ℃ and 7.38 MPa) [2]. However, by setting air mass flow 

rates, the fan performance effects have been neglected. This is 

important because the auxilliary power drawn by the  fans can 

significantly impact cycle performance. 

The work of van der Westhuizen [17] models the sCO2 cooler 

as a simple heat sink in the cycle, while Neises & Turchi [3] 

adopt the modelling methodology from Gavic [14] to incorporate 

a-detailed cooler into their cycle models. Sathish et al. [18] 

modelled a 10 MWe sCO2 recompression cycle and presented 

optimal strategies for various design scenarios. However, the 

cooler in the cycle has been modelled using an assumed outlet 

temperature and pressure drop ratio. The study also states the 

importance of accurately designing all the components within a 

sCO2 recompression cycle. 

The research of Oh & Son [19] focused on developing a new 

correlation to predict the heat transfer correlation of sCO2 in 

tubes under cooling conditions. Experimental results were 

compared with existing heat transfer correlations for horizontal 

macro-tubes. An appropriate correlation was then developed. 

The tube diameters are not appropriately sized for a utility-scale 

application, being 4.55 mm and 7.75 mm.  

The current work adopts established dry-cooler modelling 

methods which account for mass, momentum and energy balance 

[20], incorporates models of fans used in industry [21] and 

considers readily available tube sizes and wall thicknesses which 

are appropriate for high pressure applications. In addition to this, 

the dry cooler design is determined by coupling the heat rejection 

system model to a sCO2 power cycle model, and then performing 

a study on cycle efficiency. The scope of this work excludes 

studying the effects of changing ambient conditions and 

performing a techno-economic comparison of designs. 

SUPERCRITICAL CARBON DIOXIDE CYCLE 

du Sart et al. [22] investigated optimal cycle layouts, 

recuperator designs, and boundary conditions for a 50 MWe 

sCO2-CSP plant. They found the recompression with reheating 

and intercooling (RCICRH) cycle and partial cooling with 

reheating (PCRH) cycle the most promising in terms of cycle 

thermal efficiency. This work adopts an updated version of the 

RCICRH cycle model developed by du Sart et al. [22]. A 

schematic of the cycle is provided in Figure 1 and the boundary 

values for the cooling system are provided in Table 1. 

 

Figure 1: Schematic of the RCICRH cycle 

sCO2 parameter Unit PC IC 

*Mass flow rate kg/s 392.1 392.1 

*Inlet pressure kPa 7 503 10 515 

Pressure drop kPa ≤ 150 ≤ 211 

*Inlet temperature ℃ 85.77 73.92 

Outlet temperature ℃ 45 45 

*Cycle thermal efficiency % 44.15  

*Values at referenced pressure drops 

Table 1: Cycle-side thermofluid boundary conditions 

COOLER SYSTEM DESCRIPTION 

The designed heat rejection system is for a proposed plant 

located in the Upington area in South Africa, and takes the form 

of many multiple pass cross flow heat exchangers (cooling cells), 

each consisting of a tube bundle situated on top of a large axial 

forced draft fan. The tube bundle and fan are supported by 

columns called tower supports. In each cell, the tube bundle is 

arranged such that sCO2 flows from a header (at the top) to a 

collector (at the bottom) through multiple sheets of finned tubes 

stacked in the transverse (horizontal) direction. Each sheet 

consists of one to three vertically stacked tubes arranged in a 

serpentine pattern. Furthermore, the tubes between each sheet 

are staggered. Figure 2 shows the tube bundle arrangement 

where each sheet consists of two vertically stacked tubes 

arranged in a four pass serpentine pattern, resulting in a total of 

eight longitudinal rows. The width and length of each cell is 

determined by the fan size. 
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Figure 2: Cooler with a four pass, eight row tube bundle 

 

Figure 3: Detailed geometry and network model of a tube pass 

COOLER MATHEMATICAL MODEL 

A steady-state 1D thermofluid network model was developed 

for both the PC and the IC using opensource software libraries 

in Python 3.8.5. To account for the variation in air and sCO2 fluid 

properties (which change rapidly near the critical point), the heat 

exchangers tubes are discretised on a pass-by-pass basis, where 

a simplifying assumption is made that the inlet and outlet air 

properties are the same for each parallel pass. For each discrete 

element (or control volume), mass, momentum, and energy 

balance equations are solved for the external and internal fluids, 

using the optimize.fsolve function from the SciPy library. 

Each discrete element computes fluid properties at mean 

temperatures and pressures (using the CoolProp library) and 

accounts for sCO2-side internal forced convection, conduction in 

the tube walls, and air-side external forced convection. A 

segment of a control volume in the model is provided in 

Figure 3 to demonstrate the process. The overall heat transfer 

coefficient, or conductance, (𝑈𝐴) is used to determine the heat 

transfer per discrete element using the ε-NTU method for 

unmixed fluid streams, and is calculated as follows: 

𝑈𝐴 =
1

ℎℎ𝐴ℎ

+
ln (

𝑑𝑜𝑢𝑡

𝑑𝑖𝑛
)

𝜋𝐿𝑝𝑎𝑠𝑠𝑁𝑡𝑢𝑏𝑒𝑘𝑤𝑎𝑙𝑙

+
1

ℎ𝑐𝐴𝑐𝜂𝑠𝑢𝑟𝑓𝑎𝑐𝑒

 (1) 

where each term corresponds to a thermal resistance (R) in 

Figure 3. Note that fouling and radiative effects are considered 

negligible and the internal and external heat transfer coefficients 

are found using the correlations developed by Gnielinski [20]: 

𝑁𝑢ℎ =
(

𝑓𝐷

8
) 𝑅𝑒ℎ𝑃𝑟ℎ

1 + 12.7 (
𝑓𝐷

8
)

0.5

(𝑃𝑟
ℎ

2
3 − 1)

[1 + (
𝑑𝑖𝑛

𝐿𝑝𝑎𝑠𝑠

)]

2 3⁄

 

𝑓𝑜𝑟 104 ≤ 𝑅𝑒ℎ ≤ 106;   0.1 ≤ 𝑃𝑟ℎ ≤ 1000;  
𝑑𝑖𝑛

𝐿𝑝𝑎𝑠𝑠

≤ 1 

(2) 

𝑁𝑢𝑐 = 0.3 + √𝑁𝑢𝑙𝑎𝑚𝑖𝑛𝑎𝑟,𝑐
2 + 𝑁𝑢𝑡𝑢𝑟𝑏𝑢𝑙𝑒𝑛𝑡,𝑐

2  

𝑓𝑜𝑟 10 ≤ 𝑅𝑒𝜓,𝑐 ≤ 106;   0.6 ≤ 𝑃𝑟𝑐 ≤ 103 
(3) 

where 𝑅𝑒𝜓 is the void Reynolds number [20]. sCO2 pressure drop 

characteristics were captured by incorporating both form 

(secondary) and frictional losses as per Eq. (4) and Eq. (5). Form 

losses occur in the header, at the tube inlets and outlets and in the 

bends of the heat exchanger tubes. Form factors (𝐾) of 2.5 for 

the header, 1.0 for tube outlets, and 0.18 for bends are used [12], 

[23]. The tube inlet factor is calculated using Eq. (6): 

∆𝑃𝑓𝑜𝑟𝑚 = 𝐾
𝜌𝑣𝑡𝑢𝑏𝑒

2

2
 (4) 

∆𝑃𝑓𝑟𝑖𝑐 = 𝑓𝐷 (
𝐿𝑡𝑢𝑏𝑒

𝑑𝑒

) (
𝜌𝑣𝑡𝑢𝑏𝑒

2

2
) (5) 

𝐾𝑖 = (1 − 𝜎2 + 𝐾𝑐) (6) 

Where 𝐾𝑐 is the contraction coefficient of 0.6 and 𝜎 is the ratio 

of free-flow to frontal area in a control volume [12]. These 

pressure losses are summed to determine the total pressure drop 

across the heat exchanger tubes. 

The mass flow rate of air is found by balancing the air-side 

momentum balance equation for mechanical draft dry-coolers 

taken from Kröger [12]. A moist adiabatic lapse rate is used to 

find the ambient pressure rise (∆𝑃𝑎𝑚𝑏𝑖𝑒𝑛𝑡) across the heat 

exchanger. This must be balanced by a fan pressure rise that 

overcomes a series of flow resistances which are calculated using 

Eq. (7). Tower supports, downstream and upstream flow 

obstructions like screens and support beams, and the heat 

exchanger tubes are considered. The form factors and areas for 

these are determined as per equations and polynomial curves 

from Kröger [12], and empirical correlations for horizontal 

finned tubes in series [20]. Note that fan shroud pressure loss and 

plenum pressure recovery are considered negligible because a 

bellmouth inlet is used and the heat exchanger is horizontal 

above the fan. 

∆𝑃𝑎𝑚𝑏𝑖𝑒𝑛𝑡 = ∑
𝐾

2𝜌𝑎𝑖𝑟

(
𝑚𝑎𝑖𝑟

𝐴
)

2

− ∆𝑃𝑓𝑎𝑛  (7) 

The fan pressure rise is determined by using the fan curves for 

an off-the-shelf small or large 8-bladed B2-fan using fan curves 

from Augustyn [21], and using the scaling laws from 

Kröger [12]. It is noted that in reality, the fans will be specifically 

designed for the given plant. This fan static pressure rise and the 

buoyancy draft must overcome the flow resistances on the 

air-side. The fan curves also allow for the determination of fan 

power, an auxiliary load on cycle power generation. Polynomial 

curves and a bicubic interpolation scheme are implemented to 

allow for fan rotational speeds, between 75 rpm and 150 rpm. 

Finned tube areas and overall surface efficiency (ηsurface) were 

found using Eq. (8) – (10).  The fin efficiency (ηfin) is determined 

using the method from Kröger [12] for circular fins. 
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The tubes have been designed with an external diameter of 

25.4 mm, as per standard tubes available in South Africa [24]. 

The minimum tube wall thickness of 3 mm was then found by 

performing a yield calculation for thick cylinders, derived from 

expressions in Hearn [25], and shown in Eq. (11). A maximum 

pressure of 50 MPa was selected for the design. This corresponds 

to a maximum design cycle pressure of 25 MPa with a safety 

factor of 2 on the yield stress for a tube made from EN P235 

structural steel.  

𝐴𝑓𝑖𝑛 = 𝑁𝑡𝑢𝑏𝑒𝑁𝑓𝑖𝑛 [
𝜋

2
(𝑑𝑓𝑖𝑛

2 − 𝑑𝑟𝑜𝑜𝑡
2) + 𝑑𝑓𝑖𝑛𝑡𝑓𝑖𝑛]  (8) 

𝐴𝑟𝑜𝑜𝑡 = 𝜋𝑁𝑡𝑢𝑏𝑒𝐿𝑝𝑎𝑠𝑠𝑑𝑟𝑜𝑜𝑡 (
𝑆𝑓𝑖𝑛 − 𝑡𝑓𝑖𝑛

𝑃𝑓𝑖𝑛

) 
(9) 

𝜂𝑠𝑢𝑟𝑓𝑎𝑐𝑒 = 1 − (1 − 𝜂𝑓𝑖𝑛) (
𝐴𝑓𝑖𝑛

𝐴𝑓𝑖𝑛 + 𝐴𝑟𝑜𝑜𝑡

) 
(10) 

𝑡𝑤𝑎𝑙𝑙 = 𝑟𝑜𝑢𝑡 − √
𝑟𝑜𝑢𝑡

2(𝑌𝑠 𝑆𝐹⁄ − 𝑝𝑚𝑎𝑥)

𝑝𝑚𝑎𝑥 + 𝑌𝑠 𝑆𝐹⁄
 (11) 

Using a typical summer ambient temperature in Upington 

(28.9°C), the preceding cycle boundary conditions except 

pressure drop (Table 1), and the inputs listed in Table 2, the 

model calculates the pressure drops on the sCO2 and air sides, 

and the required fan speed and air mass flow rates. Note that the 

model does not accept sCO2 pressure drop as an input, nor does 

it constrain it. Furthermore, the desired outlet sCO2 temperature 

may not be achievable by varying the fan speed. Therefore, the 

fan selection and geometry selections need to be such that they 

satisfy the required boundary values. 

DESIGN OF EXPERIMENTS 

To determine feasible fan and geometry selections, a design 

of experiments (DoE) study was conducted. 5 000 input data sets 

were generated, using Latin Hypercubic Sampling (LHS) via the 

PyDOE library, on nine design parameters. The parameters and 

their ranges are shown in Table 2. Boundary values were selected 

based on established  air-cooled heat exchanger design practices 

[12] and literature on sCO2 dry-coolers [14], [15]. The following 

constraints are also imposed: Discrete integer values are used for 

the rows, passes, cells, and fan height; The number of 

longitudinal rows is divisible by the number of passes and not 

equal to zero; The fin diameter is set to always be less than the 

smaller of the tube longitudinal or transverse pitches.  

5000 potential designs were then generated for each of the 

four cooler models (PC with small or large fan, and IC with small 

or large fan). The results were then assessed, leaving many valid 

design options i.e., pressure drops equal to or lower than 

required, and outlet sCO2 temperatures equal to the set point. At 

this stage, the large fans were eliminated as a design option 

because they over-cooled the sCO2 even at their lowest speed. 

Furthermore, to limit the amount of design options, a decision 

was made to exclude designs with high power consumption and 

heat exchanger mass going forward. This filtering exercise 

reduced the valid designs to 17 PC and 25 IC designs. This 

equates to 425 combinations of cooling system designs. 

The pressure drops and total fan power for each combination 

were then used as inputs in the updated RCICRH cycle 

developed by du Sart et al. [22]. For each combination of inputs, 

the apparent send-out-power (SOP) and adjusted cycle thermal 

efficiency, found using Eq. (12) and Eq. (13), respectively, were 

calculated. The best performing design (highest efficiency) was 

then selected. Table 2 shows the best performing designs which 

produced the highest efficiency (39.16%) and SOP (50 518 kW). 

𝑆𝑂𝑃 =  𝐶𝑦𝑐𝑙𝑒 𝐺𝑒𝑛𝑒𝑟𝑎𝑡𝑒𝑑 𝑃𝑜𝑤𝑒𝑟 − 𝐹𝑎𝑛 𝑃𝑜𝑤𝑒𝑟 (12) 

𝜂𝑐𝑦𝑐𝑙𝑒 = 𝑆𝑂𝑃 �̇�ℎ𝑒𝑎𝑡𝑒𝑟⁄  (13) 

Variable Unit Min. Max. PC IC 

Tube longitudinal pitch mm 50.0 80.0 55.0 73.0 

Tube transverse pitch mm 50.0 80.0 54.0 55.0 

Fin pitch mm 1.2 5.0 3.2 1.7 

Fin thickness mm 0.4 1.5 0.5 0.6 

Fin diameter mm 35.0 50.0 47.1 40.6 

Mean pass length (calc.) m 8.3 11.4 8.3 8.3 

Transverse rows (calc.) - 105 167 155 152 

Longitudinal rows - 2 10 8 8 

Tube passes - 4 10 4 8 

Cooling cells - 4 12 8 10 

Fan height m 20.0 45.0 40.0 23.0 

Fan diameter (discrete) m 7.9248 10.98 7.9248 7.9248 

Table 2: DoE inputs and best performing design inputs 

REGRESSION AND SENSITIVITY ANALYSIS 

To determine the influence each design variable has on cycle 

efficiency, a multivariate-linear regression (MLR) model was 

developed to determine cycle efficiency as a function of the 

non-discrete variables listed in Table 2. The discrete variables 

(the number of longitudinal rows, cells, and tube passes) were 

fixed to the italicized values in Table 2. 336 datapoints selected 

from the DoE dataset (see previous section) were used to train 

and test the regression model (80% training and 20% testing). 

The trained regression model showed a mean absolute error on 

cycle efficiency of 0.13% when tested. Furthermore, a 

comparison of the regression model with the thermodynamic 

models showed a maximum relative error on cycle efficiency of 

0.35% (maximum absolute error of 0.14%). This was deemed 

acceptable for this level of study. The regression model 

coefficients were then standardised using the method from 

Siegel [26]. The standardised coefficients are shown in Figure 4 

and indicate the influence each design variable has on cycle 

efficiency. For both the PC and IC, the three most influential 

parameters are the longitudinal and transverse tube pitches, and 

the fin pitches. 

 
Figure 4: Standardised regression coefficients 
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Figure 5: Effect of varying PC longitudinal, transverse and fin pitch on cycle efficiency 

 

Figure 6: Effect of varying IC longitudinal, transverse and fin pitches on cycle efficiency 

PARAMETRIC STUDY 

Using the regression model, but fixing the fin thickness, fin 

diameter, and fan height to that of the best performing design, 

the effect of longitudinal and transverse tube pitches, and the fin 

pitches on cycle efficiency were studied parametrically. 

Figure 5 shows the effect that these variables have on cycle 

efficiency when the design for the IC is set to the best performing 

design, and Figure 6 when the design of the PC is set to the best 

performing design. Each figure contains 2500 data points where 

the input data were generated using the PyDOE library. 

The trends in both the PC and IC results show that a low fin 

pitch coupled with a low transverse and a high longitudinal pitch 

result in increased cycle efficiency. 

For the PC, the trends in Figure 5 do not completely agree 

with the best performing design from the initial DoE study. The 

design has a longitudinal pitch of 55 mm. However, Figure 5 

indicates that values greater than 70 mm result in the best cycle 

efficiency. Also, the design has a fin pitch of 3.2 mm. Yet, Figure 

5 indicates that values less than 2 mm result in the best cycle 

efficiency. The transverse pitch is seemingly within the best 

efficiency region. For the IC, the trends in Figure 6 mostly 

support the best performing design from the initial DoE study. 

The design longitudinal and transverse pitches are seemingly 

within the best efficiency region. However, smaller fin pitches 

may be more beneficial. These results indicate that there may be 

room for improvement in both the IC and PC designs. However, 

it is noted that in reality, any change in the PC or IC design will 

have an impact on the upstream and downstream performance of 

each component in the cycle, and therefore the cycle 

performance as a whole. Therefore, any optimisation of the 

cooler designs needs to be performed together with the cycle 

model. Additionally, the coolers should be designed and 

optimised together, as can be seen in the reduction in cycle 

efficiency from 39.16% to 39.05% when reducing the intercooler 

fin pitches. Notwithstanding, a test was conducted for both 

coolers where longitudinal pitch and fin pitch was perturbed. For 

a PC with a longitudinal pitch of 57.5 mm and a fin pitch of 

3.2 mm, and an IC with a longitudinal pitch of 74 mm and a fin 

pitch of 1.6 mm, cycle efficiency increased to 39.19%, thereby 

demonstrating the ability of the plots to assist in dry-cooler 

design improvement. 

Finally, it is clear from Eq. (12) and Eq. (13) that a maximum 

theoretical efficiency would be achieved if the fan power were 

set to zero. Furthermore, if the pressure drop on the sCO2 side of 

each cooler were set to zero, a higher theoretical efficiency 

would be obtained due to a reduction in entropy generation. 

Setting these values to zero in the cycle model results in an 

efficiency of 39.82%. This is noticeably higher than the 

efficiency achieved for the perturbed test case and highlights 

room for further optimisation of the dry-cooler design. However, 

the thermal efficiency of the RCICRH cycle increased from 

44.15% in the original cycle model (without detailed cooler 

models), to 44.57% where detailed cooler models were included 

with the perturbed case geometry. This is significant 
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improvement and demonstrates the value of including detailed 

cooler models in future studies. 

CONCLUSIONS AND RECOMENDATIONS 

The results indicate that for a given PC and IC configuration 

(same fin thickness, fin diameter, number of longitudinal rows, 

number of tube passes, number of cooling cells, and fan height) 

larger tube longitudinal pitches result in better cycle 

performance (measured by adjusted cycle efficiency which takes 

into account cycle thermal efficiency and auxiliary fan power), 

whereas smaller tube transverse pitches and fin pitches are 

desirable. The results also indicate that any optimisation of the 

heat rejection system needs to be performed together with the 

cycle model. In closing, the design methodology used in this 

work may be employed by others to design near-optimal 

air-cooled heat rejection systems for sCO2-CSP plants. The 

methodology may be further improved by developing a surrogate 

model utilising DoE data, and then applying a formal 

optimisation procedure. Additionally, the methodology could be 

extended to study the effect of changing ambient conditions on 

cooler and cycle performance. 
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ABSTRACT 

Liquefied Petroleum Gas (LPG) burners are predominantly 

used for cooking in domestic households in several countries, 

including India. In these burners, the gas is injected at a high 

velocity inside a mixing tube, where it mixes with the air 

entrained through the holes on its periphery. The geometry of the 

mixing tube plays an important role in air entrainment and 

mixing within the tube. Therefore, it is essential to optimize it 

for obtaining a uniform air-fuel mixture at the burner ports. In 

conventional gas burners, the area of the mixing tube 

continuously decreases from the point of gas entry up to the 

burner head. In the present work, a new mixing tube with a 

convergent-divergent section has been proposed after a 

systematic three-dimensional numerical study. Three mixing 

tubes with internal diameters of 20 mm, 25 mm, and 30 mm have 

been simulated and compared against a baseline case having the 

dimensions of a conventional mixing tube. All other dimensions 

such as the throat diameter, air entrainment port diameter, and 

orifice diameter have been kept the same as in the conventional 

burner. The burner head with ports have also been simulated for 

consistency. Since LPG is a mixture of hydrocarbons, a detailed 

mechanism with 43 species, which includes most of the species 

present in LPG, have been used in the simulations. Temperature 

and composition dependent thermo-physical properties along 

with full multi-component diffusion and a diffusion energy 

source have been included in the model. Governing equations for 

mass, momentum and species conservations are solved using 

commercial CFD solver, Ansys Fluent. The effects of change in 

diameter of the mixing tube on the equivalence ratio (ɸ), air 

entrainment rate, velocity field inside the mixing tube and near 

the burner ports have been studied thoroughly. Results show that 

the air entrainment rate increases with an increase in mixing tube 

diameter. For a tube with 30 mm internal diameter, the air 

entrainment rate increases by 37% when compared to that in the 

conventional burner. The equivalence ratio at the exit of the 

mixing tube is 1.76, which is significantly better than the value 

predicted with the conventional burner (2.40). Further, a uniform 

mixture is achieved at the burner head as compared to the 

conventional design. Flow and species concentration fields have 

been carefully analyzed to reveal the underlying physics of 

mixing phenomena in these newly designed tubes. 

Keywords: Liquefied Petroleum Gas, mixing tube, multi-

component mixture, air entrainment, equivalence ratio 

INTRODUCTION 

Liquefied petroleum gas (LPG) burners are widely used in 

most households. Around 93% of the Indian household use LPG 

as a prime source for cooking [1]. Due to its wide usage, lot of 

research works have been conducted on the various aspects 

which govern the working of LPG burners. The performance 

metrics such as the thermal efficiency and emission 

characteristics, and the design of the burner have been studied by 

several researchers. Shen et al. [2] conducted experimental 

studies on different commercially available LPG burners and 

reported the mean thermal efficiency of these burners. Basu et 

al. [3], based on an experimental study proposed modifications 

to the burner nozzle in order to improve the performance of the 

burner. Apart from that various numerical studies have also been 

performed to analyse and improve the thermal efficiency of 

burners. Wichangarm et al. [4] performed a CFD analysis of an 

LPG burner by using an equi-molar propane-butane fuel and 

suggested modifications to the design to improve the thermal 

efficiency. Later the same group investigated the effect of 

swirling flow on the thermal efficiency of the LPG burner [5]. In 

another numerical study, Boggavarapu et al. [6] investigated the 

thermal efficiency of an LPG burner by using a 3-steps reaction 

mechanism. However in these numerical studies only the burner 

head was modelled, the mixing and entrainment characteristics 

were not simulated. 

In order to understand the entrainment of air in the mixing 

tube, Namkhat and Jugjai [7] conducted a study on the primary 

air entrainment characteristics and reported correlations for both 

hot and cold flow conditions. In a later study [8], prediction of 

air entrainment in a mixing tube based on equivalence ratio was 

reported by the same group. Dey et al. [9] performed numerical 

investigation on the design of the burner mixing tube by using a 

60-40 butane-propane as the fuel mixture. They reported an

optimum location for the nozzle and suggested that the air-fuel

ratio did not depend on the inlet pressure of the fuel. Mishra et

al. [10] performed numerical study on the entrainment of air into

a mixing tube and suggested an optimum diameter for the mixing

tube. Yang et al. [11] conducted a CFD study on nozzle flow

structure and its effect on entrainment, by using steam as the jet

fluid.

Although studies have been conducted to study the air 

entrainment in a conventional mixing tube, accurate composition 

of fuel has not been taken into account. Further the effect of 

using a converging diverging tubular section has not been 

investigated. The current study aims to understand the effect of 

having a converging diverging tubular section on the mixing 
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characteristics. For this, three-dimensional simulations have 

been carried out considering multi-component mixture to 

describe the fuel composition. 

 

 
 

Figure 1 Geometry of the mixing tube (a) conventional 

design (b) design 1 – D1 20 mm diameter tube (c) design 2 –D2 

25 mm diameter tube (d) design 3 – D3 30 mm diameter tube, 

with locations where the profiles of ɸ are taken for grid 

independence study highlighted in red. 

GEOMETRY OF THE MIXING TUBE 
 

The geometry considered for this investigation consists of 

three parts, namely, orifice, mixing tube and burner head. The 

mixing tube is considered to be a combination of two sections, a 

tubular section, where the primary air entrainment takes place 

and a cylindrical annular section above which the burner head is 

placed. In this study a systematic design of the mixing tube 

considering variations in the tubular section dimensions has been 

presented. 

The baseline case of a conventional burner is modelled based 

on the dimensions of a commercially available burner. Here, the 

burner head with 140 circular ports is placed on top of the 

cylindrical annular section of the mixing tube. A converging 

tubular section with an entry diameter of 20 mm, exit diameter 

of 16 mm and with circular holes at its periphery, located at 20 

mm from its inlet. These holes are provided for primary air 

entrainment. The fuel mixture is injected through an orifice 

located at the entry of the mixing tube. Due to high velocity of 

the fuel jet at the orifice exit, a low pressure zone is created at 

the throat region of the mixing tube. This causes the surrounding 

air to entrain into the tube. In order to study the effect of the 

primary air entrainment, the dimensions of the tubular section 

have been varied. Primarily a converging diverging section is 

used as opposed to a completely converging section that is 

present in the baseline case. Three designs have been explored 

considering variations in the tube diameter at the tube entry and 

exit. All other parameters such as the throat diameter (15 mm), 

air entrainment hole diameter (15 mm) and orifice diameter (0.77 

mm) are kept the same as in the conventional or the baseline 

case. The mixing tubes of equal inlet and exit diameters of 20 

mm, 25 mm and 30 mm have been used, as shown in Figure 1.  

 

Geometric constraints 

In a conventional cookstove, the burners are enclosed inside 

a metal frame. The space available to accommodate the mixing 

tube is therefore limited to the dimensions of the metal frame. 

Based on the dimensions of the metal frame and the cylindrical 

portion below the burner head, the diameters of the tubular 

section can be varied only in a given range. Thus, for the given 

baseline design, the maximum diameter of the mixing tube is 

kept as 30 mm. Further, even though numerous choices are 

available for inlet diameter, in this study it has been kept equal 

to the exit diameter. 

SIMULATION SETUP 
 

The meshing of geometries has been performed in Ansys 

workbench and the cases are simulated using Ansys Fluent by 

solving governing equations for mass, momentum and species 

conservations. The fluid domain used for the simulation is as 

shown in Figure 2. 

 
Figure 2 Computational fluid domain of the burner head 

and mixing tube assembly 

 

Extended cylindrical domain with pressure inlets is provided 

around the holes on the tubular section to facilitate the natural 

entrainment of the ambient air into the mixing tube as initiated 

by the high momentum of the fuel jet. Similarly, an extended 

domain is provided surrounding the burner head with multiple 

holes through which the mixture exits. This facilitates the 

secondary air entrainment. 

 

(a) 

(b) 

(c) 

(d) 
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Cold flow simulations of all the cases have been performed. 

A pressure inlet condition with a gauge pressure value of 2500 

Pa is used at the fuel inlet for all the cases. For the viscous model, 

realizable k-epsilon (k-ε) model with enhanced wall treatment is 

used. Even though the flow out of the ports in the burner head is 

laminar in nature, the gas issuing out of the orifice has high 

velocity (~ 40 - 60 m/s). Due to the high Reynolds number 

present locally at the orifice exit, the flow is initially turbulent. 

Therefore a turbulent viscous model is chosen for the 

simulations. However, it has been noted that the turbulent kinetic 

energy decays very quickly within a small distance from the 

orifice exit. In order to capture the mixing accurately, a 

mechanism with 43 species that accurately corresponds to the 

composition of commercial LPG is used. The composition of the 

fuel at the inlet is given in Table 1 [12]. Thermophysical 

properties of all species are calculated as a function of 

temperature using CHEMKIN thermal and transport files. 

Mixture density is calculated from incompressible ideal gas 

option. Ideal gas mixing laws are used for calculating mixture 

specific heat, thermal conductivity and viscosity. 

 

Species Mole fraction at inlet 

CH4 0.0003 

C2H6 0.0096 

C3H6 0.1022 

C3H8 0.1331 

C4H8 0.1764 

C4H10 0.5784 

Table 1: Composition of LPG used in the simulation 

 
Figure 3 Profile of equivalence ratio at (a) mixing tube 

cross-section along y axis direction (b) mixing tube cross-

section along z axis direction (c) entry plane of the burner head 

along x axis direction (d) entry plane of the burner head along z 

axis direction 

GRID INDEPENDENCE STUDY 
 

The cold flow simulation is initially performed on a grid 

containing around 420000 cells (grid 1) distributed in a non-

uniform manner over the domain. In order to ensure grid 

independency of the results, the grid size has been increased to 

640000 (grid 2) non-uniform cells and further to 950000 (grid 3) 

non-uniform cells. Convergence is determined by pre-set low 

values of residuals and by ensuring mass imbalance to be less 

than 1%. Also, species and equivalence ratio profiles along 

sections shown in Figure 1(d) are compared at different iterations 

to find negligible variation. 

The profiles of equivalence ratio are plotted along two 

perpendicular lines taken at different cross-sections of the 

mixing tube as shown in Figure 1(d). Figure 3 shows the 

variations of the equivalence ratio plotted for three grids for the 

design 3. It is observed that grid 2 and grid 3 exhibit similar 

profiles with a difference in values within 1%. Therefore, grid 2 

has been considered for the rest of the investigation. 

 

Parameter Mass weighted average values 

 Grid 1 Grid 2 Grid 3 

O2 mass fraction 0.2092 0.2086 0.2084 

Fuel mass fraction 0.1019 0.1041 0.1054 

Equivalence ratio 1.7913 1.7689 1.7714 

Table 2: Mass weighted average values of selected 

parameters at the burner entry plane 

TRENDS AND RESULTS  
 

The effects of variations of the mixing tube diameters on 

primary air intake, secondary air entrainment, mass fraction of 

oxygen and equivalence ratio at the burner entry plane, and 

uniformity of mixing at the burner entry plane have been studied 

and compared. 

 

Orifice exit velocity and port exit velocity 

It is observed that an increase in the mixing tube diameter, 

Dt, produces only mild variations in axial velocity decay as seen 

from Figure 4. The peak velocity, Vo, at the orifice exit slightly 

increases as Dt is increased. 

 
Figure 4 Variation of velocity along a line drawn from 

orifice exit 
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The velocity and turbulence kinetic energy (not shown) 

decay to a much low value at an axial location of around 10 mm 

from the orifice exit. The velocity of the fuel-air mixture exiting 

out of the holes (ports) of the burner head for different designs 

have been compared. It is observed that with an increase in 

mixing tube diameter, the exit velocity at the burner ports 

increases. This is demonstrated in Figure 5. This higher velocity 

of the partially premixed reactant mixture will facilitate higher 

entrainment of the secondary air into the flame zone. 

 

 
Figure 5 Comparison of burner port exit velocity for 

different designs 

 

Primary air intake 

It has been observed that the rate of primary air intake 

increases as Dt increases (Figure 6). This can be attributed to an 

increase in the effective area for entrainment when Dt increases. 

There are three holes available for the primary air to entrain. 

Since the throat diameter is kept constant, the diameter of the 

holes at the tube periphery is also kept the same for all the 

configurations. Thus, only the area of the hole at the entry 

changes and as it increases, more air entrainment is possible. It 

may be noted that there is a slight increase in the orifice exit 

velocity of the fuel jet as Dt increases. This also contributes to 

more air entrainment.  Furthermore, since the throat diameter and 

the overall length of the mixing tube are kept as constants for all 

cases, the taper angles of the converging and diverging sections 

increase with an increase in Dt. This results in a higher pressure 

gradient across the length of the mixing tube. This enables more 

air entrainment and better mixing. 

The primary air intake for the 30 mm diameter case is found 

to be 37% more than that for the conventional mixing tube 

(baseline case). 

 

Secondary air intake near the burner ports 

The flow field around the burner port has also been studied. 

It is observed that the secondary air entrains at a higher velocity 

for the proposed design cases, when compared to that of the 

conventional design (Figure 7). This is because the velocity at 

the burner port is higher for the modified design when compared 

to the conventional design. 

 
Figure 6 Comparison of primary air entrainment for 

different designs 

 
Figure 7 Contours of equivalence ratio (gray scale) around 

the burner port along with velocity vectors for (a) conventional 

design (b) design 3 – 30 mm diameter 

 

Oxygen mass fraction and equivalence ratio 

It is seen that an increase in primary air entrainment due to 

an increase in Dt, has a direct effect on the resultant oxygen mass 

fraction and equivalence ratio along various sections of the 
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The flow field at the burner port was studied and it was 

observed that the secondary air was entrained at a higher 

velocity for the modified design compared to the conventional 

design (Figure 7). This is because the burner port exit velocity 

is higher for the modified design. 
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mixing tube. With more air entrainment, oxygen in the fuel-air 

mixture increases thereby resulting in a decrease in the value of 

the equivalence ratio, ɸ. This behaviour is demonstrated in 

Figure 9. A decrease in the value of ɸ signifies that the fuel air 

mixture moves closer to stoichiometric value in the proposed 

designs. The value of ɸ has been calculated based on 

stoichiometric air-fuel ratio (=5.9796). 

Figure 8 shows the contours of equivalence ratio at the burner 

entry plane (just below the burner head) for the conventional and 

30 mm diameter design 3 case. For the case of 30 mm diameter 

mixing tube, an equivalence ratio with an average value of 1.76 

is obtained at the entry plane to the burner head, which is 

significantly lower than the value obtained for the conventional 

mixing tube (2.48). Figure 9 shows the average equivalence ratio 

at the entry plane to the burner head for all the cases. It is clear 

that the equivalence ratio decreases when Dt is increased. 

 
Figure 8 Contours of equivalence ratio at the entry plane of 

the burner head for (a) conventional design and (b) design 3 – 

30 mm diameter 

 

Uniformity of mixing 

The effectiveness of mixing of fuel and air as it flows through 

the mixing tube determines the homogenous nature of the 

reactant mixture coming out of the burner ports. In order to 

quantify this, a mass weighted averaged uniformity index at the 

burner entry plane is defined based on equations (1) and (2).  

𝛾𝑚 =
∑ [(|𝐹𝑖−�̅�𝑚|)(|𝜌𝑖�⃗� 𝑖𝐴𝑖|)]

𝑛
𝑖=1

2|�̅�𝑚| ∑ [|𝜌𝑖�⃗� 𝑖𝐴𝑖|]
𝑛
𝑖=1

  (1) 

 

�̅�𝑚 =
∑ [𝐹𝑖(|𝜌𝑖�⃗� 𝑖𝐴𝑖|)]

𝑛
𝑖=1

∑ [|𝜌𝑖�⃗� 𝑖𝐴𝑖|]
𝑛
𝑖=1

   (2) 

Here, 𝛾𝑚 is the mass weighted averaged uniformity index, F is 

any scalar quantity and n is the total number of elements across 

the surface. When the value of the uniformity index is close to 

unity, it signifies better mixing. It is seen from Figure 10, that 

the value of uniformity index increases with an increase in Dt. 

 
Figure 9 Comparison of equivalence ratio at the entry plane 

of the burner head for the different designs 

 
Figure 10 Comparison of uniformity index at the entry 

plane of the burner head for the different designs 

CONCLUSIONS  
 

Numerical simulations are carried out using ANSYS 

FLUENT to predict the flow and species fields in a non-reacting 

cold flow condition, by solving mass, momentum and species 

conservation equations in a steady manner. LPG has been 

realistically considered as a mixture of several saturated and 

unsaturated hydrocarbon fuels. A chemical mechanism with 43 

species has been used in the simulations with volumetric 
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reactions switched off. Multi-component diffusion and diffusion 

energy source have been used. The inlet and exit diameters of the 

mixing tube has been kept equal and varied in the range of 20 

mm to 30 mm, considering the geometrical constrains of the 

overall burner setup. The flow rate of LPG, orifice diameter, air 

entrainment port areas and burner head dimensions have been 

kept the same for all the cases.  

Variations in quantities such as equivalence ratio and air 

entrainment rate at several sections of the mixing tube, as well 

as near the burner ports, have been analyzed for the baseline and 

proposed configurations. 

Results show that the air entrainment increases with an 

increase in mixing tube diameter. For the configuration of 

mixing tube with 30 mm internal diameter, the air entrainment 

rate increases by 37% when compared to the baseline case. The 

equivalence ratio at the exit of the mixing tube is 1.76, which is 

significantly better than the value of 2.4 obtained in the baseline 

case. Further, a uniform mixture is achieved at the burner head 

and ports, as compared to the baseline case. In future, unequal 

inlet and exit diameters and variations in throat locations can be 

considered to arrive at optimal mixing performance.  
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ABSTRACT 
The thermal conductivity of cooling liquids is an important 

parameter to calculate the actual cooling capacity and power of 

cooling systems especially for batteries. There are already 

known measurement techniques with known drawbacks like the 

Transient Hot Wire (THW) method which are still applied to 

determine this temperature dependent material property. Further 

developed techniques such as the Transient Hot Bridge (THB) or 

the Laser Flash (LFA) method also promise an accurate 

measurement of the thermal conductivity of liquids. In this study, 

the uncertainties of the thermal conductivity determination of the 

THB and LFA method based on a commercial coolant are 

compared. The outcome of the examined fluid show that the 

THB method results in lower measurement uncertainties and less 

measurement effort compared to the LFA measurements.    

INTRODUCTION 
Thermal safety concepts for battery systems also consider the 

thermal properties of the used cooling liquids for a fast heat 

transport from the cell to the cooling system [1]. Among many 

other values, the thermal conductivity of the fluid is important to 

calculate the cooling capacity of the thermal management 

system. 

An already known method to determine the temperature 

dependent thermal conductivity of a fluid is the Transient Hot 

Wire (THW) technique as described by [2]. A small contact area 

to the surrounding media of the wire as well as high heat flow 

densities lead to a subsequent development, the so called 

Transient Hot Strip (THS) method [3]. The THS is using a strip 

instead of a wire which also simplified the applicability of the 

measurement. One major drawback of this method is a small 

electrical resistance leading to small voltage signals and a low 

Signal-to-Noise Ratio (SNR) and was therefore improved again 

by the Physikalisch-Technische Bundesanstalt (PTB) in 
Germany with the Transient Hot Bridge (THB) technique [4].  

This method is using 4 strips in a Wheatstone bridge electrical 

circuit to overcome the problems described above. 

Another method for indirect determination of thermal 

conductivity by the product of the thermal diffusivity, specific 

heat capacity and density of the liquid. While the determination 

of the specific heat capacity via Differential Scanning 

Calorimetry (DSC) [5] and density via the oscillating U-tube [6] 

is already standardized, the sample preparation and measurement 

of the thermal diffusivity via Laser Flash (LFA) [7] is more 

complex due to special sample holder systems and 3-layer 

considerations [8]. 

In the study presented by [9] the THB method was already 

applied on different liquids as water with reported relative 

uncertainties of the thermal conductivity of 5.6 %. In the LFA 

experiment described in [8] an relative uncertainty of 2 % for the 

thermal conductivity of water is reported. 

In this work we want to determine the thermal conductivity 

of a commercially available fluid which is used for immersed 

cooling of inverters, e-motors, chargers, and cables. Basically, 

both methods are applied in this study. The indirect 

determination via thermal diffusivity (LFA), density (oscillating 

U-tube) and specific heat capacity (DSC) and the direct 

determination via THB. Additionally, the uncertainty of both 

approaches is described. 

NOMENCLATURE 

λ [W/mK] Thermal conductivity 

T [°C] Temperature 

t [s] Time

V [m³] Volume 

I [A] Electric current

R [Ω] Electric resistance 

α [1/K] Thermal coefficent 

e [-] Maximum slope 

l [m] Length 

U [V] Voltage

b [-] Dimensionless factor 

m [kg] Mass 

β [K/min] Heating rate 

a [m²/s] Thermal diffusivity 

cp [J/kgK] Specific heat capacity 

ρ [kg/m³] Density 

Subscripts 

OL Outer long strip 

IL Inner long strip 

OS Outer short strip 

IS Inner short strip 

p at constant pressure  

eff Effective  

max Maximum  

src Source 
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MATERIALS AND METHODS 
In this study three different liquids were analysed: 

• Distilled water  

• Ethanol (Purity > 99,5 %) 

• Cooling liquid, information according safety data sheet: 

- Synthetic base oil and additives; 80-99 % Distillates 

(Fischer – Tropsch, heavy, C18-50 – branched, 
cyclic and linear 

- 0,1 – 0,24 % Butylated hydroxytoluene 

 

For the THB measurements a LINSEIS THB 100 dynamic 

measurement system was used in combination with a Kapton foil 

sensor with an additional metal frame and a sensor size of 

42 mm x 22 mm (s. figure 1). This sensor can be applied for a 

thermal conductivity range between λ = 0.01 and 1 W/mK and a 

temperature range between T = -100 °C and 200 °C.  

The investigated liquids were poured into V = 0.1 dm³ 

beakers and measured at room temperature. The THB sensor was 

completely immersed in the liquid. The measuring time 

was t = 30 s at a measuring current of I = 40 mA. A pause of 

t = 60 s was made between the individual measurements to 

achieve constant temperature conditions again. 

 

  

Figure 1 left: THB sensor with metal frame; right: THB 

sensor immersed in the liquid 

In the first step the THB sensor was calibrated and corrected 

with distilled water. During the calibration the electrical  

resistance of the Wheatstone Bridge (s. figure 2) is calculated 

and corrected according to the expected thermal conductivity of 

the water reference [10]. 

 

𝜆 =  
𝛼 𝑅𝑒𝑓𝑓

2 ln(𝑒)

4 𝜋 𝑙𝑒𝑓𝑓 𝑑𝑈𝑚𝑎𝑥
 (

𝐼𝑠𝑟𝑐

2
)

3

𝑏𝑚𝑎𝑥     (1) 

 

The temperature coefficient of the specific electrical 

resistance of the nickel foil is described by α, 

leff is the thermal effective length and Reff corresponds to the 

effective electrical resistance, dUmax and the dimensionless ln(e) 

describe the maximum slope of the measured THB signal as 

shown in figure 3, Isrc corresponds to the current from the current 

source and bmax is a dimensionless factor derived from the 

distances of the inner and outer strip of the sensor. For a more 

detailed description on the electrical and thermal model of the 

THB sensor the reader is referred to [4]. 

 

Figure 2: electrical equivalent circuit diagram of the current 

source and the foil sensor of the THB system 

 

Figure 3: Qualitative THB signal with U(t) and the 

according dimensionless derivation b(t) 

 Subsequently, validation measurements and uncertainty 

calculations were performed with distilled water and ethanol. 

Finally, the THB sensor was immersed into the investigated 
cooling liquid and the thermal conductivity was determined. 

The indirect determination of the thermal conductivity of the 

cooling liquid was conducted with a DSC “NETZSCH DSC 204 

F1” for specific heat capacity measurements, a viscometer 

“Anton Paar SVM 3001” for the density measurements and a 

LFA “NETZSCH LFA 467” for thermal diffusivity 

measurements. The specific heat capacity and density 

measurements were carried out according to current standards 

[5,6]. The thermal diffusivity measurements were conducted in 

a special containment which consists of a Polyether Ether Ketone 

(PEEK) ring with the sample inside and steel support outside, 

assembled with two steel plates on the upper and lower side of 

the PEEK ring with graphite coating.  

 

 

Figure 4 left: steel support frame with PEEK ring and 

liquid; right: closed containment with graphited steel plates  

The DSC measurements were conducted with aluminium 
crucibles with a volume of 40 mm3 in a dynamic nitrogen 
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atmosphere. The aluminium lids were cold welded on the 

crucible top to prevent evaporation and to ensure a constant mass 

during the experiment. Three individual samples with a mass of 

approx. m = 20 mg were measured in a temperature range 

between T = -40 to 80 °C and a heating rate of β = 10 K/min. 

Finally the specific heat was evaluated with a Type B uncertainty 

evaluation according the “Guide of Uncertainty in 
Measurement” (GUM) [11]. 

The conducted density measurements are also in a 

temperature range between T = -40 to 80 °C with a temperature 

step of 20 °C. In sum 5 measurements per temperature were 

evaluated and the uncertainty of the results was determined 

according to a Type A approach in the GUM. 

The LFA measurements of three individual samples in the 

PEEK containments were conducted at the same temperature 

points as mentioned for the density measurements in a He 

atmosphere. The fluids were injected with a needle through the 

PEEK ring into the container and sealed with steel pins. The 

Xenon flash lamp was triggered with a voltage of U = 250 V and 

a pulse duration of t = 0,6 ms. The spot size of the Mercury-

Cadmium-Telluride (MCT) infrared detector looking in the top 

of the PEEK containment had a diameter of d = 3,7 mm. The 

measured thermal diffusivity results were corrected according a 

three layer model of Lee [12] and the uncertainty was determined 
according a Type A evaluation of the GUM. 

RESULTS AND DISCUSSION 

 

Specific heat capacity 

 

Figure 5 Determined specific heat capacity of the cooling 

liquid 

In figure 5 one can see the evaluated specific heat capacity of 

the cooling liquid. The determined values vary from 

cp = 1,93 J/gK at -40 °C to cp = 2,17 J/gK at 80 °C. The relative 

uncertainty of the measurement was between 3 % and 4 %.  

 

Density 

 

Figure 6 Determined density of the cooling liquid 

In figure 6 the evaluated density is depicted. The determined 

values vary from ρ = 0,84 g/cm³ at -40 °C to ρ = 0,77 g/cm³ at 

80 °C. The relative uncertainty of the measurement was between 

1 % and 2 %. 

 
Thermal diffusivity 

 

Figure 7 Determined thermal diffusivity of the cooling 

liquid 

The determined thermal diffusivity values vary from 

a = 0,087 mm²/s to a = 0,099 mm²/s. The relative uncertainty of 

the measurement was between 4 % and 7 % as shown in figure 7. 
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Calculated thermal conductivity 

 

Figure 8 Calculated thermal conductivity of the cooling 

liquid based on DSC, LFA and oscillating U-tube results 

The indirect determination of the thermal conductivity via 

λ(T) = a(T) ρ(T) cp(T) of the cooling liquid results in 

λ(20°C) = 0.143 W/mK with an expanded combined uncertainty 

(k = 2) of U(λ) = 0.0112 W/mK, that corresponds to a relative 
uncertainty of 7.9 %. The uncertainty results at T = 20 °C show, 

that the relative uncertainty contribution from the thermal 

diffusivity measurements u(a) = 7.2%, is significantly larger 

than the relative uncertainties from the specific heat capacity 

u(cp) = 2.95 % and density u(ρ) = 1.2 % determinations. 

The reason for the higher uncertainties in the LFA 

measurements may be associated with sample preparation. 

During the preparation it is important to fill the containment 

completely and to ensure that there are no air bubbles or gaps 

between the containment layers and the sample and lead to 

different thermal resistances between the layers. In addition, 

sample preparation in these containers with higher viscosity 

fluids is more complex. 

 

Thermal conductivity results via THB 

Thermal conductivity measurements based on the THB 

method with distilled water showed a deviation of 
Δλ = 0.006 W/mK between the reference value 

λref(21 °C) = 0.599 W/mK [10] and the actual mean value of 20 

individual measurements. This corresponds to a relative 

deviation of 1 %. The calculated expanded standard uncertainty 

(k = 2) of the measured mean was U(λ) = 0.008 W/mK. 

Measurements with ethanol, which has the reference value of 

λref(23 °C) = 0,167 W/mK [13] showed a deviation of 

Δλ = 0.011 W/mK or a relative deviation of 3.62 % between the 

reference and actual mean value of 20 individual measurements. 

The calculated expanded standard uncertainty (k = 2) of the 

measurement was U(λ) = 0.006 W/mK. 

Finally, the THB measurements of 30 individual 

measurements of the cooling liquid resulted in λ = 0.151 W/mK 

with a calculated expanded standard uncertainty (k = 2) of the 

measurement with U(λ) = 2.9e-4 W/mK. This measurement 

showed significantly lower scatter around the mean value, which 

may be attributed to lower convection heat transport due to 

higher viscosity of the cooling liquid. 

CONCLUSION  
The thermal conductivity determination of a battery cooling 

liquid carried out in this work shows, that the application of the 

LFA method is possible but requires extensive sample 

preparation. The calculated relative expanded measurement 

uncertainty for the thermal conductivity of the investigated 

cooling liquid was 7.9%, significantly higher than the described 

measurement uncertainty for the thermal conductivity 

determination of water based on LFA as shown in [8]. This might 

be connected to the lower thermal conductivity of the cooling 
liquid in comparison to water and the additional thermal 

resistances due to bubble formation or gaps in the containment. 

The shown THB method allows simple sample preparation 

and fast measurements. Validation measurements with distilled 

water and ethanol showed deviations of the measured mean to 

the literature reference values between 1 % for water to 3,6 % 

for ethanol. The deviation with ethanol probably also has to do 

with the calibration of the sensor with water, which has an almost 

4 times higher thermal conductivity. However, the THB 

measurements of the cooling liquid showed repeatable results 

with low dispersion in comparison to LFA measurements. 
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ABSTRACT 
Packed beds find application in thermal energy storage for 

concentrated solar thermal plant, building thermal comfort 
systems, chemical and nuclear reactors.  For smaller 
applications, packed beds are normally prismatic, giving rise to 
plug flow conditions with higher velocities close to the container 
walls known as wall channeling.  For these applications, pressure 
drop and heat transfer data can usually be determined 
empirically.  In large applications like thermal energy storage, 
the bed is more likely to be a free-standing rock pile with 
multiple in- and outlets, and the flow is fully three dimensional.  
Furthermore, irregular particles like flat rock, tend to have a flat 
side, the particles tend to pack down with the flat sides pointing 
upwards.  This leads to preferred flow directions in the bed, and 
pressure drop and heat transfer characteristics that deviate 
substantially from that of isotropic packed beds of spheres.  In 
this work, we investigate the effect of the particle orientation 
relative to the mean flow direction on heat transfer in the bed 
using computational fluid dynamics.  We found a strong 
correlation between tortuosity, that is a function of flow 
direction, and the particle heat transfer coefficient. 

INTRODUCTION 
Concentrated solar energy is a form of renewable energy that 

can be used for electricity generation and/or process heat. 
However, like most renewable energies, it is derived from an 
intermittent source.  To dispatch electricity or process heat on 
demand, a thermal energy storage system is required to bridge 
the gaps in energy supply caused by cloudy weather or extend 
operations after sunset.  Figure 1 shows a fuel assisted solarized 
Brayton cycle, coupled asynchronously to a bottoming Rankine 
cycle via a rock bed thermal energy storage facility.  During the 
day, the Brayton cycle runs from direct solar irradiation 
augmented by combustion, should the incoming solar radiation 
be insufficient to reach the desired gas turbine inlet temperature. 
Hot air/gas from the gas turbine outlet charges the rock bed.  At 
sunset, the Brayton cycle shuts down, whilst the Rankine cycle 
runs off the heat discharged from the bed. 

Although concentrated solar thermal energy is currently 
considered expensive compared to solar photovoltaic and wind 
energy [1], when the latter technologies are fitted with battery 
storage, their electricity cost is on par with concentrated solar 

power with thermal energy storage.  Efforts to reduce the cost of 
solar thermal energy are expected to yield future benefits.  Rock 
bed thermal energy storage is one of the cheapest forms available 
to store thermal energy [2] and is imminently suited for solarized 
gas turbine applications.  Crushed rock is also an inexpensive 
filler material to assist with molten salt thermal energy storage. 

Figure 1. Fuel assisted solarized Brayton cycle with a 
bottoming Rankine cycle. 

Crushed rock particles are irregular, but somewhat flattened 
in shape, resulting in significant deviations in flow resistance in 
vertical and horizontal directions [2, 3].  Allen [2] estimated that 
a rock bed serving a 50 MWe solar power station would have a 
footprint of 62 m × 62 m and be 7 m in height.  At this size, a 
free-standing rock pile is the most practical solution since 
thermal ratcheting caused by daily charging/discharging cycles 
may cause excessive stresses on any confinement structure.  The 
air flow through a free-standing rock pile deviates substantially 
from that through prismatic reactors, the source of most 
experimental data. 
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Nomenclature 
 

A [m2] Area 
a [m2/m3] Area density 
b [s-1] Time constant defined by equation (7) 
Cp [J/kg °C] Specific heat capacity 
D [m] Diameter 
h [W/m2°C] Convective heat transfer coefficient 
k [W/m°C] Thermal conductivity 
M [kg] Mass 
�̇�𝑚 [kg/s] Mass flow rate 
R [m] Radius 
r [m] Radial space coordinate 
Q [W] Heat flow rate 
T [°C] Temperature 
V [m3] Volume  
�̇�𝑉 [m3/s] Volume flow rate  
z [m] Cartesian axis direction  
 
Special characters 
δ [m] Cell size 
ε [-] Porosity 
µ [Pa.s] Viscosity 
ρ [kg/m3] Density 
τ [-] Tortuosity 
ψ [-] Sphericity 
 
Subscripts 
f  Fluid 
i  Inlet 
o  Outlet 
p  Particle 
s  Surface 
sp  Sphere 
ve  Volume equivalent  

 
A rock bed of the size suggested by [2] would contain over 2 

million particles, assuming crushed rock particles that passed 
through a 75 mm sieve but were retained on a 53 mm sieve.  
Modelling the flow through the voids would be impractical, and 
a porous media approach is called for.  In this approach, one need 
to specify the porosity, particle pressure loss and heat transfer 
coefficients, and area density, that is defined as the total surface 
area of all the particles per unit volume.  For particles much 
smaller than 1 m, the number of particles packed into a volume 
V is 

𝑁𝑁 = 𝑉𝑉(1−𝜀𝜀)
𝑉𝑉𝑝𝑝

 … (1) 

… and the surface area of all the particles is 

𝐴𝐴 = 𝑁𝑁𝐴𝐴𝑝𝑝 … (2) 

Combining equations (1) and (2) yields 

𝐴𝐴 = 6 � 1−𝜀𝜀
𝜓𝜓𝐷𝐷𝑣𝑣𝑣𝑣

� 𝑉𝑉   𝑜𝑜𝑜𝑜   𝑎𝑎 = 𝐴𝐴
𝑉𝑉

= 6 � 1−𝜀𝜀
𝜓𝜓𝐷𝐷𝑣𝑣𝑣𝑣

� … (3) 

The design of rock beds to match the rate of heat transfer 
required during the charging and discharging cycles, demands a 
proper understanding of heat transfer in the bed and where it 
happens.  To date, available heat transfer correlations are limited 
to spherical particles and isotropic flow conditions in the bed.  
Gnielinski [4] postulated that the particle Nusselt number in a 
packed bed can be expressed in terms of the Nusselt number for 
a spherical particle in a free stream, and a form factor that 

depends on the void fraction and particle shape.  In this paper, 
Gnielinski’s idea is expanded to cater for random, anisotropic 
packings of non-spherical particles in packed beds. 

It is proposed that the form factor is expressed in terms of the 
void fraction, the sphericity of the particle, and the tortuosity of 
the flow through the bed.  The latter changes with the orientation 
of the particle relative to the flow direction, as shown for a single 
particle in figure 2.  It is postulated here that the size of the 
separation zone in the wake of the particle, and the jet 
impingement zone on the upwind side of the particle are 
proportional to tortuosity, even if neighbouring particles may 
cause significant deviations from that of a particle in a free 
stream as depicted in figure 2. 

 

 
Figure 2.  Streamlines in the vicinity of a single ellipsoidal 

particle. 

 
Tortuosity is usually described as the mean path length 

between A and B, divided by the shortest distance between A 
and B.  This information can readily, if somewhat tediously, be 
extracted from path line plots in computational fluid dynamics.  
A more convenient definition in the CFD environment is the 
hydraulic tortuosity, τh, defined as [5] 

𝜏𝜏ℎ = 〈|𝑉𝑉|〉
〈𝑢𝑢𝑡𝑡〉

 … (4) 

with 〈|𝑉𝑉|〉 the spatial average of the velocity magnitude in the 
bed, and 〈𝑢𝑢𝑡𝑡〉 that of the velocity component in the main flow 
direction. 

The particle Nusselt number is expanded to be a function of 
the particle Reynolds number, Prandtl number of the fluid, and a 
parameter describing the mean angle of attack between the 
particle and the fluid flow. 

METHODOLOGY 
In order to generate data, crushed rock particles are 

characterized to yield equivalent ellipsoidal shapes, based on the 
mean aspect ratio, volume equivalent spherical diameter and 
sphericity, using 3D scans of the rocks.  A packed bed of 
ellipsoidal particles is generated using a discrete element code, 
since the position vector and orientation of each particle can 
easily be extracted from the discrete element code output.  
Finally, the flow in the voids is calculated using computational 
fluid dynamics.  The particle surface temperature is kept 
constant, and the particle heat transfer coefficient is determined 
from the log mean temperature difference [6] 

ℎ =
�̇�𝑚𝑓𝑓𝐶𝐶𝑝𝑝𝑓𝑓 ln��𝑇𝑇𝑠𝑠−𝑇𝑇𝑓𝑓𝑓𝑓� �𝑇𝑇𝑤𝑤−𝑇𝑇𝑓𝑓𝑓𝑓�� �

𝐴𝐴
 … (5) 
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with �̇�𝑚𝑓𝑓 the mass flow rate of the fluid, Cpf its specific heat, 
A the total surface area of all the particles in the domain, Ts the 
constant wall temperature of the particles, and Tfi and Tfo the inlet 
and outlet temperatures of the fluid respectively.  Simulations are 
done for flow in three orthogonal directions through the bed, and 
for particle Reynolds greater than 300 (turbulent range) [7].  A 
regression of the form 

𝑁𝑁𝑢𝑢 = 𝑓𝑓(𝜀𝜀,𝜓𝜓, 𝜏𝜏 ) × 𝑁𝑁𝑢𝑢𝑝𝑝�𝑅𝑅𝑅𝑅𝑝𝑝,𝑃𝑃𝑜𝑜𝑓𝑓� … (6) 

is fitted to the simulation data.  In the equation above, ε is the 
void fraction of the bed, ψ the sphericity of the particles and τ 
the tortuosity of the flow through the bed.  All three parameters 
are dimensionless.  Simulations will be validated against 
experimental results for heat transfer from five internally heated 
particles in a packed bed. 

Finally, heat transfer between the particles and fluid occurs 
at the surface of the particles, whereas most models [8] assume 
a lumped system approach (i.e. the Biot number, Bi < 0.1) in 
which a simplification is made that the particle’s bulk and 
surface temperatures are the same.  In this work, it is assumed 
that the surface temperature of the particles is known (specified), 
and no attempt will be made to determine the particle’s bulk 
temperature. 

Heat transfer and pressure drop correlations for packed beds 
of irregular particles are usually expressed in terms of the 
packing density, ε, of the bed and the spherical equivalent 
particle diameter, Dve.  Sphericity, expressed as the ratio of the 
surface area of the volume equivalent sphere, Ave to that of the 
actual particle, Ap is an important parameter in heat transfer to or 
from irregular particles.  Assuming a constant material density 
of ρ = 2 909 kg/m3 for dolerite [9], the volume of a particle, V, 
can be determined from its mass, and the diameter of its volume 
equivalent spherical particle is then 

𝐷𝐷𝑣𝑣𝑣𝑣 = �6𝑉𝑉 𝜋𝜋⁄3    𝑤𝑤𝑤𝑤𝑤𝑤ℎ 𝑉𝑉 = 𝑀𝑀
𝜌𝜌

 … (7) 

Sphericity features in the particle heat transfer itself 

�̇�𝑄 = ℎ𝐴𝐴𝑝𝑝�𝑇𝑇�𝑠𝑠 − 𝑇𝑇�𝑓𝑓� = ℎ 𝐴𝐴𝑣𝑣𝑣𝑣
𝜓𝜓
�𝑇𝑇�𝑠𝑠 − 𝑇𝑇�𝑓𝑓�, … (8) 

with the convective heat transfer coefficient and 𝑇𝑇�𝑠𝑠 and 𝑇𝑇�𝑓𝑓 the 
mean surface temperature of the particle and the bulk 
temperature of the fluid respectively.  The Biot number [10] can 
also be expressed in terms of sphericity as 

𝐵𝐵𝑤𝑤 = ℎ�𝑉𝑉 𝐴𝐴𝑝𝑝⁄ �
𝑘𝑘

= ℎ(𝜓𝜓𝑉𝑉 𝐴𝐴𝑣𝑣𝑣𝑣⁄ )
𝑘𝑘

 … (9) 

As well as the time constant [10] 

𝑏𝑏 = ℎ𝐴𝐴𝑝𝑝
𝜌𝜌𝐶𝐶𝑝𝑝𝑉𝑉

= ℎ𝐴𝐴𝑣𝑣𝑣𝑣
𝜓𝜓𝜌𝜌𝐶𝐶𝑝𝑝𝑉𝑉

 … (10) 

Hence, determining sphericity is an important first step in 
particle heat transfer calculations for packed beds of crushed 
rock particles. 

 
Generation of packed beds 

Porosity, ε, or packing factor, (1 – ε), is another characteristic 
that crops up frequently in pressure drop and heat transfer 

correlations for packed beds.  Since the application at hand calls 
for air flow through a packed bed of crushed rock, the density 
difference between the fluid and solid phases is large.  This 
allows us to measure the bulk porosity of the bed accurately by 
simply weighing a packed bed of known volume.  In contrast, 
local porosities are difficult and expensive to measure.  It is here 
that discrete element modelling (DEM), a technique originally 
developed to model granular flows, comes into its own.  DEM 
calculates the contact and gravitational forces on individual 
particles in a packed bed and calculates the position and 
orientation of particles.  From the DEM output, it is possible to 
extract local porosity and the average particle orientation in the 
bed. 

The underlying hypothesis of this work is that heat transfer 
and pressure drop depends on the orientation of particles relative 
to the mean flow direction.  With time savings in computational 
fluid dynamics (CFD) simulations in mind, particles are dropped 
in a large spherical container as shown in figure 3.  The size of 
the container is constrained by the dimensions of the 
experimental facilities at our laboratories.  This allows one to use 
the same DEM output for multiple CFD simulations, as 
discussed in section 2.3 below.  Figure 4 depicts the local 
porosity of a packed bed of ellipsoidal particles in the radial 
direction.  The local porosity next to the wall is high, and the 
porosity oscillates with diminishing amplitude towards the 
centre of the sphere, a phenomenon reported on numerous 
occasions for spherical particles in cylindrical containers [11, 
12].  The wall also forces particles to align with their short axes 
towards the centre of the spherical container.  The wall affected 
zone is removed from the CFD models by removing particles 
with centroids at r > ( Rsp – 2Dve ) from the model with r the 
position vector of the particles relative to the centroid of the 
spherical container to obtain results suited for a free standing 
packed bed. 

 

 
Figure 3. DEM set-up to generated packed beds 
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Figure 4. Variation in porosity in the radial direction 

In a stationary bed, the bed porosity and its spatial 
distribution are insensitive to the mechanical properties of the 
particles (Young’s modulus, Poisson ratio and friction 
coefficients).  Reducing Young’s modulus by two orders of 
magnitude result in significant computational savings without 
affecting the accuracy of the DEM model [13]. 

COMPUTATIONAL FLUID DYNAMICS MODELLING 
After removal of the wall affected zone, particles generated 

in the DEM code are recreated in the CFD pre-processor.  The 
particles are subtracted from a rectangular block with cross 
section about 6 × Dve square aligned with the mean flow 
direction, representing the fluid volume inside a virtual wind 
tunnel.  That leaves only outer surfaces of the particles and the 
voids between the particles to be modelled.  The sides of the 
domain necessarily cut through some particles. 

2.3.1 Mesh generation 
Point-to-point contacts, particle-to-particle penetrations and 

close proximity between some particle surfaces give rise to 
meshing and mesh quality problems.  Dixon et al [14] suggested 
that shrinking particles by 1 – 2 % and/or bridging contact 
regions ameliorate most of these meshing problems.  
Notwithstanding, due to acute angles between surfaces near the 
contact points and the small distances between particles, 
constructing good quality meshes having more than three 
inflation layers on particle surfaces is nearly impossible.  The 
meshing procedure starts out by prescribing triangular surface 
meshes with a maximum cell size δ ≤ Dve /50 on the particles, 
well within the criteria laid down by Dixon et al [14].  Local 
mesh refinement based on surface curvature and proximity of 
two surfaces is applied to the surface meshes.  An inflation layer, 
three cells thick, is prescribed on particle surfaces, but the layers 
are allowed to collapse when layers originating from two 
opposing surfaces threaten to grow into each other.  A close-up 
view of the mesh in the vicinity of the particles is given in figure 
5.  The red circle marks a zone where the boundary layer stepped 
down from three layers to two layers. 
 

 
Figure 5. Close-up of a typical computational mesh 

 
Tetrahedral meshes resulting from the procedure above 

typically end up with cell counts above 100 million.  Converting 
tetrahedra to polyhedral cells typically result in a three-fold 
reduction in cell count, and an improvement in cell quality, 
especially for low quality cells. 

The same mesh was used to simulate the flow at the full range 
of superficial velocities for a given flow direction, but remeshing 
is required when the flow direction changes. 
 
2.3.2 Solution set-up 

A constant velocity boundary condition with low turbulence 
intensity is prescribed at the domain inlet.  A pressure outlet 
boundary condition is prescribed at the domain outlet, and the 
side walls are modelled as zero shear stress slip walls.  In reality 
the fluid can cross the side walls of the domain, and it is 
imperative to perform a domain independence study to gauge its 
effect.  The particles are modelled as no-slip walls that are kept 
at a constant temperature.  The main benefit of having a constant 
temperature on the particles, is that the particle heat transfer 
coefficient can be estimated from equation (5). 

Since the pressure drop across the domain is small [3], the 
fluid (air) is modelled as an incompressible ideal gas (i.e. its 
density is a function of temperature only).  The specific heat and 
thermal conductivity of air are evaluated at T = (Tfi + Ts )/2, 
whilst the air viscosity is evaluated according to Sutherland’s 
law. 

Based upon the particle Reynolds number, the flow should 
be turbulent for superficial velocities above 0.1 m/s.  
Consequently, the shear stress transport k-ω turbulent model was 
adopted for all simulations.  Second order upwind discretization 
schemes were used for all flow variables. 
 
2.3.3 Mesh and domain independence 

Solutions for a superficial velocity of 1 m/s were evaluated 
on a fine mesh (δ ∼ Dve/50 ∼ 1 mm), an intermediate mesh (δ ∼ 
Dve/25 ∼ 2 mm) and a coarse mesh (δ ∼ Dve/15 ∼ 3 mm).  In all 
instances, 3 inflation layers were prescribed on the surfaces of 
the particles.  At Vs = 1 m/s, the average y+ on the particle 
surfaces was 1.84, with a minimum of 2 × 10-5 and a maximum 
of 11.4.  Ideally, one would prefer y+ closer to 0.5 with a higher 
number of inflation layers for heat transfer [14], but hardware 
constraints ruled that possibility out.  The difference in outlet 
temperature between the coarse and intermediate mesh was 
- 3.3 % (relative to Ts – Tfi), whilst that between the intermediate 
and fine meshes dropped to 0.4 %. 
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The slip boundaries prescribed on the side walls of the 
domain is physically unrealistic, as flow can cross these 
boundaries in a real-world application.  To quantify the effect of 
the slip boundaries on the particle heat transfer coefficient, the 
solution was also computed on a smaller domain about 4.5 × Dve 
square and a larger domain about 7.5 × Dve square.  The 
difference in outlet temperature between the intermediate and 
small domains was -1.8 %, again based on (Ts – Tfi), and that 
between the large and intermediate domains was +1.1 %. 

Although mesh and domain independence were not formally 
proven, it is clear that at least it is approached on the fine mesh 
and large domain.  In view of the large number of simulations 
anticipated (258 when the azimuthal and elevation angles are 
changed in increments of 15°, and for 6 different superficial 
velocities at each setting), we accepted a compromise that gives 
realistic results on a sufficiently fine mesh on a sufficiently large 
domain within our given hardware constraints. 

DISCUSSION OF RESULTS 
Solutions were run for 5 000 iterations each.  After about 500 

iterations, the residuals for the continuity equation dropped by 
two orders of magnitude, where it became stuck due to a few 
poor-quality cells resulting from the short distances and acute 
angles near contacts between some particles.  The residuals for 
the velocity components and the energy equation dropped by 5 
orders of magnitude, those for k and ω by 3 and 4 orders of 
magnitude respectively.  There were small fluctuations in all 
results over the last 4 000 iterations; plotting the output 
parameters against the number of iterations suggests that it 
fluctuated around a constant mean.  The standard deviation of 
the temperature fluctuations was typically lower than 0.3 % of 
(Ts – Tfi).  Nusselt number calculations were based on the average 
temperature over the last 3 000 iterations. 

Particle heat transfer coefficient 
The particle heat transfer coefficients were calculated from 

equation (5) and converted to a Nusselt number based on the 
volume equivalent diameter of the particles.  A plot of the 
particle Nusselt number versus the superficial particle Reynolds 
number is given in figure 5 below.  For flow in the y-direction, 
the results are in close agreement with the correlations of 
Gnielinski [4] and Wakao [15], but persistently lower than the 
KTA correlation.  In contrast, for flow in the x- and z-directions, 
the Nusselt numbers are about 36 % lower than that in the y-
direction.  The differences between the x- and z-directions are 
small.  This confirms the hypothesis that the heat transfer 
coefficient for a packed bed of non-spherical particles is a 
function of the particle orientation relative to the mean flow 
direction. 

 

 
Figure 6. Particle Nusselt number as a function of superficial 

particle Reynolds number.  Discrete points represent CFD 
simulations. 

 
A correlation of the form 

𝑁𝑁𝑢𝑢 = 0.860𝜏𝜏1.819𝑅𝑅𝑅𝑅0.548𝑃𝑃𝑜𝑜0.333 … (11) 

fits our preliminary data with a regression coefficient of R2 = 
0.987, and an average error of 5 % across the range.  Errors up 
to 20 % are recorded close to the upper and lower limits of the 
Reynolds number range.  In equation (11), Re the superficial 
Reynolds number, defined as  

𝑅𝑅𝑅𝑅 = 𝜌𝜌𝑉𝑉𝑠𝑠𝐷𝐷𝑣𝑣𝑣𝑣
𝜇𝜇

 … (12) 

Equation (11) is based on only 3 values for the tortuosity, and 
future work will be extent the tortuosity range.  Our earlier work 
[3] on pressure drop suggests that a tensor, rather than a single 
coefficient, might be required to express the effect of flow 
direction on the pressure drop across a packed bed.  Following 
the Reynolds analogy, it is expected that the same would be true 
for the particle heat transfer coefficient.  Our simulations were 
restricted to air, resulting in an almost constant Prandtl number 
for all simulations.  Following the lead of others [4, 10], we 
boldly assumed that the exponent for the Prandtl number, d, 
would be 1/3. 

Tortuosity 
The hydraulic tortuosity, as calculated from equation (4), was 

1.221 for the x-direction, 1.509 for the y-direction and 1.196 for 
the z-direction respectively.  The clear difference in the value of 
the tortuosity suggests that tortuosity might be a good parameter 
to declare the differences in heat transfer coefficient, as well as 
pressure drop recorded in our earlier work [3].  The downside is 
that tortuosity, unlike sphericity, is not known a priori, and 
require simulations or measurements in the bed itself. 
 
4 CONCLUSIONS 
We have proved our hypothesis that the heat transfer coefficient 
for a packed bed of irregular (ellipsoidal) particles depend on the 
flow rate, particle shape, the packing density of the bed and the 
orientation of the particles relative to the mean flow.  The latter 
effect is captured by the hydraulic tortuosity, that is easy to 
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extract from simulation data.  However, tortuosity is an artifact 
of the flow itself, and cannot be determined a priori.  The data 
for three orthogonal directions fit a single correlation given by 
equation (11) well, with an average error of about 5 % over the 
entire Reynolds number range.  At present, our tortuosity data is 
sparsely populated, and larger confidence bands are suggested 
when using equation (11).  When the packed bed is simulated as 
a porous medium, one may use the pressure loss coefficients 
from [3], calculate the area density (surface area per unit volume) 
from equation (3), and the heat transfer coefficient from equation 
(11). 

Further work 
Experimental validation of the heat transfer coefficient for 

ellipsoidal particles in a randomly packed bed is planned for 
2022 – 2023 as part of a master’s study in mechanical 
engineering.  At this stage, it is envisaged that the particles will 
be subject to a constant heat flux, rather than constant 
temperature conditions.  Constant heat flux conditions are easier 
to replicate in the laboratory. 

Particle-to-particle heat transfer at contact surfaces is 
normally introduced via an effective conductivity in the fluid 
phase.  These should be easy to incorporate in computational 
fluid dynamics, although the extra hardware requirement to mesh 
the solid particles may be a challenge. 

Turbulence generated in the bed may lead to additional 
thermal dispersion [16] and is under investigation by a doctoral 
student.  Following De Lemos [16], we intend to derive extra 
source terms for the k and ω conservation equations. 
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ABSTRACT
Dewetting is a phenomenon of liquid film retraction from an

area of a solid substrate initially covered by the liquid so the
triple contact line (CL) moves along the solid. Dewetting is a
multiscale phenomenon as the nanoscale effects acting in the CL
vicinity strongly affect the macroscale dynamics. Previous dewet-
ting studies mainly concern the adiabatic conditions. However,
the thin film flows are used extensively in the heat transfer appli-
cations where the liquid film is surrounded by its pure vapor; the
phase change occurs simultaneously with the dewetting. In this
presentation, we simulate numerically in 2D the dewetting driven
by evaporation. The dynamic profile of the vapor-liquid interface
is analyzed numerically by using the generalized lubrication ap-
proximation that can be applied to a larger interface slope than
its conventional counterpart. Although the Kelvin effect (the de-
pendence of the temperature at the interface on its curvature) is
sufficient to regularize the singularity associated with the mov-
ing contact line, several other nanoscale effects are included in
the theory to obtain more precise results: the hydrodynamic slip,
the Marangoni effect, the vapor recoil and the interfacial thermal
resistance. The results include the film shape evolution, the ap-
parent contact angle and the contact line speed, all defined by the
substrate superheating and its wetting properties. We propose a
simple model based on the multiscale approach. This model can
be used in the context of the pulsating (called also oscillating)
heat pipes and bubble growth in boiling, in particular, the dynam-
ics of microlayer. The numerical results are validated against the
experimental data.

INTRODUCTION
Dewetting is a phenomenon of liquid film retraction from an

area of a solid substrate initially covered by the liquid. It is a
ubiquitous phenomenon that can be observed on a daily basis and
is involved in a myriad of industrial applications. Understanding
the dynamics of the contact line that separates the wetted and dry
areas is fundamental to the dewetting dynamics. Dewetting was
extensively studied under adiabatic conditions (in the absence
of any overall heat and mass transfer between liquid, solid and
ambient gas). Consider an ideally smooth and homogeneous solid
substrate initially covered by a liquid film of viscous fluid. Such a

NOMENCLATURE

𝐶𝑎 [-] Capillary number
𝑒 [-] Euler number ≃2.71
ℎ [m] Liquid film thickness
𝐽 [kg/m2s] Evaporation mass flux
𝑘 [W/(m·K)] Thermal conductivity
L [J/kg] Latent heat
𝑙, ℓ [m] Characteristic length
𝑝 [Pa] Pressure
𝑅𝑖 [m2K/W] Interfacial thermal resistance
𝑠 [m] Curvilinear coordinate
𝑇 [K] Temperature
𝑡 [s] Time
𝑈 [m/s] Fluid velocity
𝑤 [m] Dewetting ridge half-width
𝑥 [m] Abscissa

Greek symbols
𝛾 [N/(m·K)] Marangoni coefficient
` [Pa·s] Liquid shear viscosity
\ [rad] Contact angle
𝜙 [rad] Local interfacial slope
𝜌 [kg/m3] Density
𝜎 [N/m] Liquid surface tenstion
Z [m] Arc length

Subscripts
0 at 𝑡 = 0
𝑐𝑙 contact line
𝑑 film dryout
𝑖 vapor-liquid interface
𝑙 liquid
𝑚𝑖𝑐𝑟𝑜 microscopic
𝑠𝑎𝑡 saturation
𝑣 vapor
𝑤 solid substrate
∞ flat film at 𝑥 → ∞

film is metastable under partial wetting conditions because once
a dry hole is created in the film (the contact line appears), the
dry area will grow spontaneously. The motion is driven by the
capillary forces. As the contact line moves, the film collects the
liquid from the dried area. Due to the high viscous friction in
the film, this liquid cannot flow inside the film. It thus forms a
growing ridge that situates along the contact line. Such a problem
can be described in two dimensions, as shown in Figure 1.

Previous dewetting studies [1, 2] mainly concern the adiabatic
conditions. However, the film flows are used extensively in the
industrial applications where the film evaporation/condensation
is used as an extremely efficient mean of the heat transfer. Such
applications include in particular pulsating heat pipes [3] and
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Figure 1. Dewetting ridge receding over a liquid film while the
dry area expands.
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Figure 2. Sketch of the curved interface (a) and the straight
liquid wedge corresponding to the point A.

bubble growth in boiling [4]. In these applications, the phase
change occurs simultaneously with dewetting; the liquid film is
surrounded by the pure vapor of the same fluid. We begin this
work by describing the numerical results [5] of the 2D dewetting
problem in the presence of liquid film evaporation created by the
heated substrate. Then the numerical results are compared to the
experiment. A simpler multiscale model capable of reproducing
the numerical results is finally proposed.

NUMERICAL APPROACH
The numerical approach [5] continues the line of thought put

forward in our previous papers [6, 7], where the lubrication ap-
proximation was used to describe the thin film flow and free
liquid-vapor interface defined by its local height ℎ(𝑥). As the
interface slope increases in the presence of evaporation (see be-
low), the conventional lubrication approach becomes insufficient.
We thus use the generalized lubrication theory [5, 8–10] suitable
for larger interface slopes. It uses the parametric interface de-
scription in terms of the curvilinear coordinate 𝑠 that runs along
it (Figure 2a), with 𝑠 = 0 at the CL. Therefore, the following
geometrical relations hold:

𝜕ℎ/𝜕𝑠 = sin 𝜙, (1a)
𝜕𝑥/𝜕𝑠 = cos 𝜙, (1b)

where 𝜙 is the local interface slope. The major convenience of
such a parametrisation is the rigourous curvature expression

𝐾 = 𝜕𝜙/𝜕𝑠 = 1
cos 𝜙

𝜕2ℎ

𝜕𝑠2 . (2)

One can apply the “one-sided” formulation where both the
vapor-side hydrodynamic stress and the heat flux into the vapor
at the interface are neglected in comparison with those on the
liquid side. Therefore, the vapor pressure 𝑝𝑣 is assumed to be

spatially homogeneous. The substrate is highly conductive and
thus isothermal. Its temperature 𝑇𝑤 = 𝑇𝑠𝑎𝑡 + Δ𝑇 can differ from
𝑇𝑠𝑎𝑡 = 𝑇𝑠𝑎𝑡 (𝑝𝑣), thus causing the film evaporation or conden-
sation for positive or negative Δ𝑇 , respectively. Consider an
interfacial point A with the coordinate 𝑠. The approach consists
in approximating the liquid pressure 𝑝𝑙 at A (Figure 2a) by that
created by the flow in a straight liquid wedge, the opening angle
is 𝜙, cf. Figure 2b. The main governing equation

𝜕ℎ

𝜕𝑡
cos 𝜙︸    ︷︷    ︸
𝐴

+ 𝜕
𝜕𝑠

{
1

`𝐺 (𝜙)

[
Z

2
(Z + 2𝑙𝑠)

𝜕𝜎

𝜕𝑠︸            ︷︷            ︸
𝐵1

+ Z
2

3
(Z + 3𝑙𝑠)

𝜕Δ𝑝

𝜕𝑠︸               ︷︷               ︸
𝐵2

]

−𝑈𝑐𝑙Z
𝐹 (𝜙)
𝐺 (𝜙)︸         ︷︷         ︸

𝐶

}
= − 𝐽

𝜌𝑙︸︷︷︸
𝐷

, (3)

is written in the frame of reference of the moving CL where it is
immobile but the substrate moves in the opposite direction (Fig-
ure 2a). Here 𝑙𝑠 is the slip length introduced through the Navier
slip condition [6]; the arc length Z can be expressed as 𝜙𝑟 by
using the constructed locally straight wedge radius 𝑟 (Figure 2b)
related to ℎ through ℎ = 𝑟 sin 𝜙. Finally, Z = ℎ𝜙/sin 𝜙. Since the
temperature varies along the interface (see (6) below) in the CL
nanoscale vicinity, the corresponding variation of surface tension
needs to be accounted for in the Marangoni term

𝜕𝜎/𝜕𝑥 ≃ −𝛾𝜕𝑇 𝑖/𝜕𝑥, (4)

where 𝛾 = −𝜕𝜎/𝜕𝑇 is generally positive for pure fluids. Two
more equations are needed to define Δ𝑝 and 𝐽 that appear in (3).
The temperature distribution can assumed to be linear along Z as
suggested by the rigourous thermal analysis of the straight wedge
[11]. The energy balance at the interface then reads

𝐽 = 𝑘 (𝑇𝑤 − 𝑇 𝑖)/(ZL), (5)

where the interface temperature includes the Kelvin, vapor recoil
and interfacial thermal resistance effects:

𝑇 𝑖 = 𝑇𝑠𝑎𝑡 [1 + Δ𝑝/(L𝜌𝑙) + 𝐽2 (𝜌−2
𝑣 − 𝜌−2

𝑙 )/(2L)] + 𝑅𝑖𝐽L. (6)

The interfacial pressure jump

Δ𝑝 ≡ 𝑝𝑣 − 𝑝𝑙 = 𝜎𝐾 − 𝐽2 (𝜌−1
𝑣 − 𝜌−1

𝑙 ), (7)

accounts for the vapor recoil pressure, where 𝐾 can be expressed
with (2).

The problem is solved for 𝑠 ∈ [0, 𝑠 𝑓 ], with 𝑠 𝑓 a point far from
the ridge, where the film can be assumed flat. The film flatness
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condition (zero spatial derivatives and 𝜙 = 0) used in (3) results
in the thickness

ℎ∞ = ℎ0
√︁

1 − 𝑡/𝑡𝑑 (8a)

of the flat film portion, where ℎ0 is the initial (𝑡 = 0) film thickness
and 𝑡𝑑 = L𝜌𝑙ℎ2

0/(2𝑘Δ𝑇) is the film complete drying time.
At the CL (𝑠 = 0), the geometry implies

ℎ = 0, (8b)
𝜕ℎ/𝜕𝑠 = sin \𝑚𝑖𝑐𝑟𝑜, (8c)

where \𝑚𝑖𝑐𝑟𝑜 is the actual contact angle defining the wetting
conditions. The set of lubrication equations (3, 7) is of fourth
order, so one needs one more boundary condition. It expresses
the solution regularity at the CL. To derive the condition

𝜕Δ𝑝/𝜕𝑠 |𝑠→0 = 0 (8d)

for the generalized lubrication approach, one can proceed sim-
ilarly to [12]. It is convenient [7] to provide a good numerical
stability. Another equation is needed to determine the CL speed
𝑈𝑐𝑙 (which is a part of the problem). Again, repeating the proce-
dure described in [12], one gets [5]

𝐽 (𝑠 → 0) = 𝑈𝑐𝑙𝐹 (\𝑚𝑖𝑐𝑟𝑜)
𝐺 (\𝑚𝑖𝑐𝑟𝑜)
\𝑚𝑖𝑐𝑟𝑜𝜌𝑙

+ 𝑙𝑠L\𝑚𝑖𝑐𝑟𝑜

`𝑘
𝛾

. (9)

The main results of the numerical simulation include the film
shape variation and the 𝑈𝑐𝑙 dependence of time. The film shape
shows clearly three regions that appear near the CL. In the mi-
croscopic vicinity of the CL (𝑥 < 500 nm), the fluid flow is due
to the phase change. This vicinity is described by the terms B1,
B2 and D of (3), the others being insignificant. This is a classical
microregion problem described by many authors, mainly for ap-
plications in boiling (see [13] for a review). Its solution is shown
in Fig. 3b by the green dash-dotted curve marked as 𝐶𝑎 = 0. At
𝑥 → ∞, its solution for the interface slope 𝜙 saturates to a value
\𝑉 that we call hereafter the Voinov angle; \𝑉 (Δ𝑇 = 0) = \𝑚𝑖𝑐𝑟𝑜.
The microregion problem is stationary and is thus much simpler to
solve than full non-stationary ridge problem (3). A particularity
of the problem statement [12] presented here is its applicability
to the partial wetting case. Note that the solution results in \𝑉 as
a function of the local superheating (that at the CL, cf. 4a) and
\𝑚𝑖𝑐𝑟𝑜 that describes the wetting properties.

Farther from the CL, there is an “intermediate” region con-
trolled by the fluid flow caused by the CL motion (where the
term B2 is balanced by C in (3)). This is a classical dynamic CL
problem described by Voinov and Cox. Its solution reads

𝜙3 = \3
𝑉 − 9𝐶𝑎 ln(𝑥/ℓ𝑉 ), (10)
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Figure 3. Numerical results showing the formation of a dewet-
ting ridge for FC72; Δ𝑇 = 5K, \𝑚𝑖𝑐𝑟𝑜 = 5◦ and ℎ0 = 50 `m.

where the Voinov length ℓ𝑉 can be found by fitting to the full
numerical solution (blue dashed curve in 3b). The intermediate
region solution uses \𝑉 to define an integration constant from the
condition 𝜙(𝐶𝑎 → 0) = \𝑉 . The numerically obtained ℓ𝑉 [5] is
well approximated by the formula

ℓ𝑉 = 3𝑙𝑠/(𝑒\𝑉 ), (11)

so it is controlled mainly by the hydrodynamic slip.
Finally, at the macroscopic (millimetric) scale, the ridge pro-

file can be fitted to a circle (violet dotted curve in 3b), which
corresponds to the balance of the terms A and B2 of (3)). The
limit 𝑥 → 0 of this latter solution results in the apparent contact
angle \𝑎𝑝𝑝 , which is an apparent slope at the CL seen from the
macroscopic viewpoint. This is illustrated in Figure 1. \𝑎𝑝𝑝
growth with the superheating is shown in Figure 4 for several
fluids. Note that during the ridge growth, all the fitted parameters
slightly vary. While the change in ℓ𝑉 turns out to be negligibly
small [5], \𝑎𝑝𝑝 shows a small change; the time averaged value
denoted hereafter by the angle brackets is shown in Figure 4.

The central question of the dewetting theory concerns the con-
tact line dynamics, i.e. 𝐶𝑎 as a function of Δ𝑇 . However, during
the film evolution, 𝐶𝑎 slightly decreases with time. For applica-
tions (e.g. in pulsating heat pipe modelling), one usually needs
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Figure 4. Values of \𝑉 (red diamonds) and ⟨\𝑎𝑝𝑝⟩ as functions
of Δ𝑇 for different fluids. The numerical results are shown with
characters while the blue dotted line corresponds to the multiscale
theory result for ⟨\𝑎𝑝𝑝⟩.

only an average speed. The time-averaged ⟨𝐶𝑎⟩ as a function
of Δ𝑇 is plotted in Figure 5 (as characters with error bars that
correspond to the time variation during Δ𝑡 = 0.5𝑡𝑑 from 0.1𝑡𝑑
to 0.6𝑡𝑑) for several fluids and \𝑚𝑖𝑐𝑟𝑜 values. The error bars are
shorter for small \𝑚𝑖𝑐𝑟𝑜 and Δ𝑇 , because the speed variation is
weaker. One can see that the dewetting accelerates with super-
heating, i.e. with the evaporation rate. The dewetting can also be
induced by evaporation [14]. This is clearly seen in Figure 5. For
small \𝑚𝑖𝑐𝑟𝑜 (i.e for the conditions of almost complete wetting),
the dewetting speed at Δ𝑇 = 0 is very small, which means in
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Figure 5. Comparison of numerical (characters with error bars)
and multiscale theory (lines) results for𝐶𝑎(Δ𝑇) for several \𝑚𝑖𝑐𝑟𝑜

and different fluids.
practice no dewetting without evaporation. However 𝐶𝑎 grows
considerably with Δ𝑇 .

EXPERIMENTAL VALIDATION
The only experiment on the dewetting phenomena that we can

compare to our modeling is Ref. [14]. The dewetting of ethanol
films on a heated sapphire substrate was observed. The films
were surrounded by the ethanol vapor. Initially, ethanol films of
thickness ∼ 60 `m were deposited on the solid, whose temper-
ature was above the saturation temperature of the vapor. Both
substrate dewetting and liquid film thinning have been recorded.
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circles) dependencies are also shown.

The major measurements comprised the contact line position and
the interface profile (including 𝑤) as functions of time. Hence,
the contact line speed was derived. Value of \𝑎𝑝𝑝 was found
by fitting the liquid ridge to a circle. Its intersection with the
substrate gave \𝑎𝑝𝑝 , similarly to our numerical procedure.

However, the substrate temperature was not measured, and
Δ𝑇 was thus uncertain. One can estimate it from the numerical
𝐶𝑎(Δ𝑇) results for ethanol ( 5c), the unknown parameter of which
is \𝑚𝑖𝑐𝑟𝑜. It can be evaluated by fitting. In the end, it was however
unnecessary, as the value \𝑚𝑖𝑐𝑟𝑜 = 5◦ has turned out to be the
best estimation. One recovers Δ𝑇 for each experimental point
(Figure 6) by placing the experimental 𝐶𝑎 values (squares) on
the numerical curve 𝐶𝑎(Δ𝑇) (blue solid line, the same curve as
in 5c). For this reason, our Δ𝑇 data for each point is different
from those of [14].

In the next step, ℓ𝑉 can be computed with (11). Finally, given
ℓ𝑉 and the experimental values of \𝑎𝑝𝑝 and 𝑤, one can calcu-
late \𝑉 with (12) for each experimental point. As ℓ𝑉 depends
on \𝑉 , one needs to iterate; one iteration turns out to be suffi-
cient. The obtained in this way points (Δ𝑇, \𝑉 ) are plotted in
Figure 6 together with the numerical \𝑉 (Δ𝑇) red dash-dotted
curve, the same as in 4c. The numerical line and the experi-
mental data agree, which shows that the multiscale theory applies
to the dewetting description in the presence of phase change. In
[14], there was a difference of ≃ 14% between the theoretical
and experimental 𝐶𝑎 values. This difference can be attributed to
their theoretical overestimation of Δ𝑇 (by about 4 K) that led to
an overestimation of 𝐶𝑎.

MULTISCALE MODEL
A full numerical solution of the dewetting problem is however

time- and resource-consuming because of the necessity to resolve
several very different length scales on one hand, and to iterate to
find the CL speed at each time moment, on the other. For this
reason, the asymptotic multi-scale approach to this problem can
be a viable alternative. It was developed for the conventional

adiabatic dewetting case Δ𝑇 = 0 [2]. It results in

\3
𝑎𝑝𝑝 = \3

𝑉 − 9𝐶𝑎 ln[2𝑤/(𝑒ℓ𝑉 )], (12)

𝐶𝑎 =
\3
𝑉

9

[
ln

(
4𝑎
𝑒2 𝐶𝑎

1/3 𝑤2

ℓ𝑉 ℎ∞

)]−1

, (13)

where 𝑎 ≃ 1.094. These expressions can be generalized to the
case Δ𝑇 ≠ 0 by assuming that the averaged in time quantities
(over the time interval Δ𝑡) are used in them:

⟨\𝑎𝑝𝑝⟩3 = \3
𝑉 − 9⟨𝐶𝑎⟩ ln

2⟨𝑤⟩
𝑒ℓ𝑉

, (14)

⟨𝐶𝑎⟩ =
\3
𝑉

9

[
ln

(
4𝑎
𝑒2 ⟨𝐶𝑎⟩

1/3 ⟨𝑤⟩2

ℓ𝑉 ⟨ℎ∞⟩

)]−1

. (15)

The value of ⟨ℎ∞⟩ can be computed with (8a) as ⟨ℎ∞⟩ = 𝛽ℎ0,
where 𝛽 ≃ 0.8 for the same time interval Δ𝑡 = 0.5𝑡𝑑 as in Fig. 5.
One needs now to calculate ⟨𝑤⟩, which can be done with the
following theory simplified in the spirit of [1].

As the contact line recedes, the liquid film previously covering
the solid surface accumulates in the ridge (Figure 1). Such a
liquid ridge has a circular shape because of the capillary action.
The corresponding circle has a center 𝑂 and the radius 𝑅. The
circle intersects with the substrate at the point 𝐴 forming the
apparent contact angle \𝑎𝑝𝑝 and with the liquid film, at the point
𝐵 forming the angle 𝜑. The point 𝐸 is the ridge maximum located
over the point D of the substrate. The radius 𝑅 satisfies

𝑅 sin \ = 𝑤, (16)

where 𝑤 = 𝐴𝐷. The angles \𝑎𝑝𝑝 and 𝜑 satisfy the geometrical
relation 𝑂𝐶 −𝑂𝐷 = 𝐶𝐷, meaning that

𝑅(cos 𝜑 − cos \𝑎𝑝𝑝) = ℎ∞. (17)

By substituting (16) into (17), one obtains

cos 𝜑 = cos \𝑎𝑝𝑝 + ℎ∞
𝑤

sin \𝑎𝑝𝑝 . (18)

Its averaging results in

cos⟨𝜑⟩ = cos⟨\𝑎𝑝𝑝⟩ +
𝛽

�̃�
sin⟨\𝑎𝑝𝑝⟩, (19)

where �̃� = ⟨𝑤⟩/ℎ0.
The volume of liquid (per unit CL length)

𝑆 =

∫ 𝑡+Δ𝑡

𝑡

ℎ∞ (𝑡)𝑈𝑐𝑙 (𝑡)𝑑𝑡 (20)
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collected during receding from 𝐴′ to 𝐴 (during the time Δ𝑡) is
approximately equal to the ridge area

𝑆 = 𝑅2 (𝜑 − sin 𝜑 cos 𝜑). (21)

colored in light blue in Figure 1. One can now assume 𝑈𝑐𝑙 (𝑡) ≃
⟨𝑈𝑐𝑙⟩, so (20) reduces to ⟨𝑆⟩ ≃ ⟨𝑈𝑐𝑙⟩⟨ℎ∞⟩Δ𝑡.

By combining (16, 20, 21) and averaging the latter, one arrives
at

𝛽⟨𝐶𝑎⟩ sin2⟨\𝑎𝑝𝑝⟩Δ𝑡 = 𝑁�̃�2 (⟨𝜑⟩ − sin⟨𝜑⟩ cos⟨𝜑⟩). (22)

where Δ𝑡 = Δ𝑡/𝑡𝑑 and the dimensionless superheating reads

𝑁 =
`ℎ0
𝑡𝑑𝜎

=
2𝑘Δ𝑇`
L𝜌𝑙ℎ0𝜎

.

The set of equations (11, 14, 15, 19, 22) is complete provided
that \𝑉 is known for given fluid and for given \𝑚𝑖𝑐𝑟𝑜 andΔ𝑇 . One
can now compute four variables ⟨𝜑⟩, �̃�, ⟨\𝑎𝑝𝑝⟩ and ⟨𝐶𝑎⟩, the
latter two being the most important. Note that their dependence
on Δ𝑡 is extremely weak.

The Δ𝑇 variations of ⟨\𝑎𝑝𝑝⟩ and ⟨𝐶𝑎⟩ are compared to the
fully numerical approach in Figs. 4 and 5. One can see a com-
plete agreement of the fully numerical solution and the simplified
multiscale theory.

CONCLUSION
The dewetting phenomenon in the presence of evaporation is

described in two dimensions by using the generalized lubrication
approach. The speed of dewetting grows with the substrate super-
heating, which means that the evaporation accelerates the dewet-
ting. The numerical results conform to the experiment. The fully
numerical approach, however, requires solving a non-stationary
and nonlinear partial differential equation that is difficult to solve.
A simple approach based on the multi-scale theory is proposed.
It is based on several simple equations and on a solution of the
stationary microregion problem for a given fluid. The multi-scale
theory results are in excellent agreement with the fully numerical
approach. This simple approach can be used for the modeling of
heat transfer systems such as pulsating heat pipes (see [15]) and
bubble growth in boiling (see [16]).
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ABSTRACT 

Helical tube bundles are usually used in the steam 

generators (SGs) or intermediate heat exchangers (IHXs) of 

high temperature gas-cooled reactors (HTGRs) for its 

compactness. In the shell side of the SGs and the IHXs, 

characteristics of cross flow over helical tube bundles with 

helium as the working fluid are complex. In the present study, 

Direct Numerical Simulation (DNS) of cross flow over inline 

tube bundles with pitch to diameter ratio (P/D) = 1.8 was 

carried out using OpenFOAM. The Reynolds number is 5000. 

According to the time-averaged streamline, a pair of integral 

separation vortexes were found obviously behind the tube. The 

turbulent wakes swing periodically with a fixed frequency. 

According to the budget analysis of Reynolds stresses, 

production of u’u’ mainly comes from the severe velocity 

gradient in the shear layer, while production of v’v’ mainly 

comes from the swinging turbulent wakes. 

INTRODUCTION 

Stream generators (SGs) and intermediate heat exchangers 

(IHXs) are important devices for High Temperature Gas-cooled 

Reactors (HTGRs). Helical tube bundles are used to increase 

their compactness. In the shell side of the SGs and IHXs, 

characteristics of cross flow over helical tube bundles with 

helium as the working fluid are very complex. Though the 

Reynolds Averaged Navier-Stokes (RANS) method is widely 

used for engineering design to save computational resources. 

RANS method fails to predict turbulence parameters of 

Reynolds stress, turbulent kinetic energy and dissipation rate 

for complicated flow processes [1-3]. Large Eddy Simulation 

(LES) has also been used for simulating cross flow over tube 

bundle. Nawab and diMare [4] analyzed the budget of turbulent 

kinematic energy with LES. However, according to research of 

Tian et al.[5], high order turbulent statistics of LES depend on 

the sub grid model. Particle Image Velocimetry (PIV) [6], 

Laser Doppler Velocimetry (LDV) [7] and Constant 

Temperature Anemometry (CTA) [8] were used to measure 

turbulent statistics. However, experimental measurements were 

usually limited by the complex structures of tube bundles, as 

well as temporal, spatial resolution of the equipment. For 

example, dissipation rate of kinetic energy requires extremely 

high spatial resolution (up to Kolmogorov scale), it is difficult 

to measure directly. 

Direct numerical simulation (DNS) method is to directly 

solve the Navier-Stokes equations without any turbulence 

models. As whole range of spatial and temporal scales should 

be resolved, DNS method needs very large computational 

resources, especially for complex geometries and large 

Reynolds numbers. So there are few DNS investigations about 

cross flow over tube bundles. In the current research, a 

turbulent channel flow (Reτ = 180) is simulated using 

OpenFOAM in order to validate the computational scheme. 

Then cross flow over an inline tube bundle with pitch to 

diameter ratio (P/D) 1.8 is directly simulated. Flow 

characteristics and Reynolds stress transportation are discussed 

in detail. 

NOMENCLATURE 

p [kg/(s2m)] Static pressure 

P [m] Tube pitch 

P u’u’ [m2/s3] Production term of u’u’ budget 
P v’v’ [m2/s3] Production term of v’v’ budget 

D [m] Tube diameter 
D u’u’ [m2/s3] Viscous diffusion term of u’u’ budget 

T u’u’ [m2/s3] Turbulent diffusion term of u’u’ budget 

L [m] Tube Length 
u, v, w [m/s] Velocity components in x, y, z directions 

uin [m/s] Inlet velocity 
ugap [m/s] Average velocity at the minimum cross section of the 

tube bundle 

uτ [m/s] Friction velocity 
U [m/s] Streamwise, spanwise and time averaged velocity 
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Re [-] Reynolds number 

Reτ [-] Friction Reynolds number 

x, y, z [m] Cartesian axis direction 

F [kgm/s2] Force 

CL [-] Lift force coefficient 
CD [-] Drag force coefficient 

LCell [m] Cell characteristic length 

VCell [m3] Cell volume 
   

 
Special characters 

β [m/s2] Momentum source 

δ [m] Half height of the channel 
ν [m2/s] Kinematic viscosity 
τw [kg/(s2m)] Wall shear stress 

ε [m2/s3] Dissipation term of turbulent kinematic energy 

Εu’u’ [m2/s3] Dissipation term of u’u’ 
η [m] Kolmogorov scale 

Πu’u’ [m2/s3] Pressure diffusion term and redistribution term of 

u’u’ budget 

 

Subscripts 
+  Normalized by viscous scale 
’  Fluctuation 

rms  Root mean square 

p  Pressure force  

ν  Viscous force 

x  In x direction 

y  In y direction 

 

NUMERICAL METHOD 
 

Governing Equations and Discretization 

The momentum and mass equations for incompressible 

fluids are shown in (1): 

 
2

=0
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i

i i i
j

j i j j

u

x

pu u u
u

t x x x x
 







  
+ = − + +

    

 (1) 

where β is the momentum source. The governing equations 

are solved with OpenFOAM toolbox. The second-order implicit 

backward differential scheme is used for discretizing the 

transient term. The Gauss linear scheme with second-order 

accuracy is used for the pressure and viscous terms. The 

convection term of momentum equation is discretized using 

second-order linear upwind scheme. Velocity and pressure are 

decoupled using the PISO algorithm. 

Geometry and Boundary Conditions 

The computational domain of turbulent channel flow is 

shown in Figure 1 (a). The domain size in the streamwise (x), 

transvers (y), and spanwise (z) directions are 6.4δ, 2δ, 3.2δ, 

where δ is the half height of the channel. The mesh distribution 

is kept the same with Komen et al. [9]. No-slip and zero 

gradient boundary conditions are used in the channel walls for 

the velocity and pressure fields, respectively. Periodical 

boundary conditions are used for both velocity and pressure 

fields in the x and z directions. Figure 1 (b) shows the 

computational domain of cross flow over tube bundles. The 

domain sizes in the x, y and z directions are 120 mm, 120mm 

and 64mm. The tube pitch, P, is 60mm, the tube diameter, D, is 

32mm, the tube length, L, is 64mm. No-slip and zero gradient 

boundary conditions are used in all tube walls for velocity and 

pressure fields, respectively. Periodical boundary conditions are 

used for both velocity and pressure fields in the x, y and z 

direction. Different from channel flow, momentum source β is 

only added at inlet cells because the streamwise pressure 

gradient is no longer homogeneous. The Reynolds number Re 

for tube bundle is defined in Eq. (2): 

 gap
Re


=

u D
 (2) 

where ugap is the average velocity at the minimum cross 

section of the tube bundle, ν is kinematic viscosity. In the 

present study, ugap = 3.125m/s, ν =2.00×10-5m2/s, Re=5000. 

x

z

y

(a)

x

z

y

D

(b)

 

Figure 1 Geometry of computational domain, (a) channel, 

(b) tube bundle 

 

VALIDATION OF THE NUMERICAL METHOD 
 

Figure 2 shows the profile of dimensionless mean velocity, 

u+, and RMS velocities, urms
+ ,vrms

+, wrms
+, in the present study 

and DNS database of Kawamura et al. [10]. The dimensionless 

wall normal distance y+ , dimensionless mean velocity u+, and 

dimensionless RMS velocities, urms
+ ,vrms

+, wrms
+, are defined in 

equation (3): 

 
  

  

  + +

+ + +

= = =

     
= = =

w

rms rms rms

u U u y u y u

u u v v w w
u v w

u u u

 (3) 

where U is streamwise, spanwise and time averaged velocity, uτ 

is friction velocity, τw is wall shear stress, u’, v’ and w’ are 

fluctuating velocities in x, y and z directions. The present 

results agree well with DNS database of Kawamura et al. [10]. 

The maximum error of u+ are below 2%, the maximum error of 

RMS velocities urms
+ ,vrms

+, wrms
+, are below 6%. 

As shown in Figure 3, profile of u’u’ budgets and v’v’ 

budgets calculated by the present numerical method agree well 

with DNS database of Kawamura et al. The present numerical 

method could predict the velocity field and Reynolds stress 

budgets accurately. 
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For DNS, the size of mesh cell should be the same with 

Kolmogorov scale. However, investigations on grid resolution 

for tube bundle cross flow are limited. Figure 4 shows the 

contours of grids scale LCell and Kolmogorov scale η, which is 

defined in Eq. (4): 

 
1 4

3
1 3

Cell Cell


  



    
= = = 

  

i i

j j

u u
L V

x x
 (4) 

where VCell is the volume of local cells, ε is dissipation rate of 

turbulent kinematic energy. Azevedo et al. [11] found that 

accurate prediction of high order statistics can be obtained with 

grids with LCell to η up to 5.00. The maximum ratio of LCell and 

η of the present grids is 2.94. 
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Figure 2 Profile of mean velocity and RMS velocity, (a). 

Profile of u+, (b)Profile of urms
+ ,vrms

+, wrms
+. 
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Figure 3 Profile of u’u’ budgets and v’v’ budgets, (a) u’u’ 

budgets, (b) v’v’ budgets. 

 

Figure 5 shows the y+ distribution on the tube surface. 

Resolution at the tube wall surface is designed with a target 

dimensionless wall distance y+ below 0.5. Thus, the present 

grids could be used for DNS. 

(a)

(b)

 
Figure 4 Contours of grids scale and Kolmogorov scale, (a) 

grids scale LCell, (b) Kolmogorov scale η. 
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Figure 5 y+ distribution on tube surface 

 

RESULTS AND DISCUSSION 
 
Transient and Time Averaged Flow Characteristics 

Figure 6 shows the transient and time averaged velocity 

magnitude contours, the black lines represent local streamlines. 

As marked in Figure 6, the whole geometry could be divided 

into the recirculation region, the main flow region, and the 

shear layer [12]. The recirculation region locates behind each 

tube. The main flow region locates between two different 

column of tubes. The shear layer locates between the 

recirculation region and the main flow region, where velocity 

gradient in transverse (y) direction is large. Cross flow over 

tube bundle is unsteady turbulent flow, a pair of alternately 
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shedding vortexes swings within the recirculation region. 

Compared with cross flow over a single circular cylinder, the 

separation vortexes in the tube bundle cannot fully develop to 

form a vortex street. The main flow impinges on the front side 

of tube. Due to vortexes shedding and the impinging flow, the 

drag force and lift force on tubes are fluctuating. Figure 7 

shows the drag and lift coefficients Cd, CL, of the central tube. 

Detailed definition of Cd, CL are shown in Eq. (5): 

 p,x ,x p,y ,y

D L2 2

in in

,
0.5 0.5

 

 

+ +
= =

F F F F
C C

u DL u DL
 (5) 

where Fp,x and Fp,y are pressure forces in the streamwise and 

transverse directions, Fν,x and Fν,y are viscous forces in the 

stream wise and transverse directions, uin is the inlet velocity, 

D is the tube diameter. Both of the drag and lift coefficient 

oscillates with a fixed frequency. The amplitude of CL is larger 

than that of CD. 

(a)

(b)

(A)

(B)

Recirculation 
Region

Mean Flow 
Region

(C)

θ

 
Figure 6 Transient and time-averaged streamlines and velocity 

magnitude contours, (a) transient velocity field, (b) time 

averaged velocity field. 

 

The time and spanwise averaged velocity field is shown in 

Figure 6 (b). Due to the reducing flow cross section, the main 

flow is accelerated between tubes. The main flow impinges 

central tube at position (A) marked in Figure 6(b). Then, a part 

of impinging flow flows into the recirculation region and 

separates at the front stagnation point. Another part of the main 

flow separates at position (B) marked in Figure 6(b). In the 

recirculation region behind the tube, a pair of symmetrical 

vortexes could be found obviously. The vortex reattachment 

occurs at position (C) marked in Figure 6(b). The impinging, 

separation and reattachment points could also be observed from 

the profile of pressure coefficient, Cp, and friction coefficient 

Cμ. Figure 8 shows the distributions of time and spanwise 

averaged Cp and Cμ of the central tube. Detailed definitions of 

Cp and Cμ are shown in Eq. (6): 

 0

p 2 2

gap gap0.5 0.5






 
=−

= = wP P
C C

u u
 (6) 

where P is static pressure on tube wall, θ is circumferential 

degree shown in Figure 6 (a), ρ is fluid density, which is unit in 

the present study. The impinging point locates at θ = 40.5°, 

where Cμ = 0 and Cp reaches the maximum. The separation and 

reattachment points locate at θ = 109.8° and 180.0°, where Cμ = 

0. 
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Figure 7 Drag and lift coefficients of centroid tube. 
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Figure 8 Distributions of time and spanwise averaged Cp and 

Cμ on tube wall. 

Velocity Fluctuation 

Figure 9 shows the contours of time and spanwise averaged 

u’u’, v’v’ and w’w’. Local streamlines are also plotted for 

convenience of discussion. u’u’ at shear layer is larger than 

those at the other regions. Due to the swinging vortexes, the 

streamwise velocity, u, at the shear layer is sometimes 

dominated by the main flow region and sometimes dominated 

by the recirculation region. Thus, streamwise velocity, u, 

oscillates severely here, which results in large values of u’u’. 

The values of v’v’ at the end of the recirculation region are 

large. Transverse flows caused by the alternately swinging 

vortexes are mainly located here. Thus, transverse velocity, v, 

oscillates severely, which results in a large value of v’v’. 

Values of w’w’ in whole geometry are smaller than those of 

u’u’ and v’v’. Large values of w’w’ are only found around the 

upwind side of the tubes, where the main flow impinges. 

Reynolds Stress Budget 

Characteristics of u’u’, v’v’ distributions could be further 

discussed by budget analysis. Figure 10 show the production of 

u’u’ and v’v’, Pu’u’, Pv’v’ which is defined in Eq. (7) and Eq. (8): 
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Figure 9 Contours of time and spanwise averaged u’u’, v’v’ 

and w’w’, (a) u’u’, (b) v’v’, (c) w’w’. 

 

Similar to the distribution of u’u’, Pu’u’ at shear layer are 

larger compared with those in the recirculation region and main 

flow region. Pu’u’ consists of three terms. According to the 

streamlines and velocity contour in Figure 6 (b), ∂U/∂x is small, 

so contribution of the 1st term in Pu’u’ could be neglected. The 

3rd term in Pu’u’ could also be neglected because the flow in 

spanwise direction is homogeneous. ∂U/∂y at shear layer is 

large, so Pu’u’ here is dominated by the 2nd term. The shearing 

effect results in the large value of Pu’u’ and u’u’ at the shear 

layer. 

The absolute values of Pv’v’ are larger at the end of the 

recirculation region, but they are positive and negative at 

different side of impinging points. Because Pv’v’ is dominated 

by the 1st term here, and the sign of ∂V/∂x is different in 

different sides of impinging point. The transverse flow caused 

by the alternatively swinging vortexes results in the larger 

absolute values of Pv’v’ and v’v’ at the end of the recirculation 

region. 

(a)

(b)

 
Figure 10 Production of u’u’ and v’v’, (a) u’u’, (b) v’v’. 

 

In order to analyse the budget terms in detail, all budget 

terms of u’u’ are extracted from the red line positions shown in 

Figure 11 (a) and (b). Detailed definitions of u’u’ budget refer 

to Abe et al. [13]. Figure 11 (a) shows the transverse profile of 

budget terms between tubes in different column. The budget 

terms here are similar to those of turbulent channel flow. Pu’u’ 

mainly occurs at near wall region with high shear stress. 

Viscous and turbulent diffusion, Du’u’ and Tu’u’ is responsible 

for transporting u’u’ from near wall region to fully turbulent 

region. Dissipation, εu’u’, mainly occurs at the near wall region. 

Different from turbulent channel flow, convection term, Cu’u’, is 

not zero because flow in the streamwise direction is no longer 

homogeneous. 

Different from main flow region between tubes, the 

production, diffusion, and dissipation are mainly caused by the 

shear stress between recirculation region and the main flow 

region. Figure 11 (b) shows the transvers profile of budget 

terms behind the tube. Production mainly occurs at the shear 

layer. Turbulent and pressure diffusions transprots u’u’ away 

from shear layer. Viscous diffusion effect could be neglected 

compared with other diffusion terms. Dissipation effect is also 

weak in the recirculation region. 
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Figure 11 Profile of u’u’ budgets and v’v’ budget between 

tubes and behind tube, (a) profile between tubes, (b) profile 

behind tubes. 

 

CONDITIONS 
 

In the present study, cross flow over inline tube bundle with 

P/D = 1.8 is directly simulated using OpenFOAM toolbox, 

some conclusions are obtained as following: 

1. Cross flow over tube bundles is unsteady turbulent flow, 

a pair of alternately shedding vortexes swings within the 

recirculation region. The drag and lift force of the tubes 

oscillate with a fixed frequency; 

2. Severe streamwise velocity fluctuation (u’u’) occurs at 

shear layer, where streamwise velocity gradient is large. Severe 

transvers velocity fluctuation (v’v’) at the end of the 

recirculation region is caused by the alternating swinging 

vortexes. Spanwise velocity fluctuation (w’w’) in front of the 

tube is caused by the flow impinging; 

3. In main flow region between tubes in different column, 

budget terms of u’u’ are similar to turbulent channel flow. In 

recirculation region and shear layer behind the tube, production 

occurs at shear layer, viscous diffusion is smaller compared 

with pressure and turbulent diffusion, dissipation is weak. 
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ABSTRACT 
The liquid metal is widely used as the primary coolant in 

many advanced nuclear reactors. Due to the low Prandtl 
number, the turbulent heat transfer characteristics of liquid 
metal are different from the conventional fluids. Using the 
method of Direct Numerical Simulation (DNS), turbulent 
convection of liquid metal is simulated with OpenFOAM. The 
friction Reynolds number is 180. The molecular Prandtl 
numbers (Pr) are 1, 0.71, 0.25, 0.125, 0.05, 0.025, 0.005 and 
0.001. The numerical results are validated by DNS database in 
the literature. Prandlt number effects on temperature 
distribution are analyzed. The region of logarithmic law for 
temperature is decreased with the decreasing of Prandlt number. 
Exponent functions for dimensionless temperature distribution 
are obtained by regression analysis of numerical results with 
0.001 ≤ Pr ≤ 1. Combined with the power law for 
dimensionless velocity distribution, Nusselt number correlation 
for turbulent convection of liquid metal is derived. 

INTRODUCTION 
Liquid metals have an extremely high thermal conductivity 

and high molecular heat diffusion coefficient. The Prandtl 
number (Pr) of liquid metals is two orders of magnitude 
smaller than that of common coolant such as water and gas. 
The convective heat transfer characteristics of liquid metals are 
quite different from conventional fluids. In the turbulent heat 
transfer process of liquid metals, the thickness of the 
conduction dominant region is much larger than that of the 
viscous sublayer. The contribution of thermal conductivity to 
heat transfer is greater than turbulent diffusion. The heat flux 
and temperature difference are increasing in nuclear reactor as 
well as the main heat exchange equipment. Accurate prediction 
of the turbulent heat transfer process of coolant in the near-wall 
region is essential for reactor design. Direct numerical 
simulation (DNS) is the direct solution of the N-S equation 
without additional turbulence models. The results are fully 

resolved in time and space. DNS is of high accuracy and is able 
to obtain detail characteristics of the turbulent statics like 
velocity and temperature fields. Komen et al [1]. performed 
quasi-DNS simulations of turbulent flow in channel and pipe 
using OpenFOAM. The feasibility of DNS using OpenFOAM 
was demonstrated by comparing the numerical results with 
those based on spectral and finite difference methods. Kim [2] 
used DNS to study the passive scalar transport of turbulent flow 
in the channel. The effect of Prandtl numbers (0.1, 0.71, 2) on 
the turbulent heat transfer characteristics of the channel are 
investigated. Kawamura et al. [3-5] used DNS to simulate the 
turbulent heat transfer process in the channel with various 
Prandtl numbers (0.025, 0.1, 0.2, 0.05, 0.71, 2) and analyzed 
the Reynolds number and Prandtl number effects in turbulent 
heat transfer under isothermal condition. Tiselj [6] performed 
DNS for liquid sodium with Prandtl number as low as 0.01 
under the conjugate heat transfer condition. The simulation 
used friction Reynolds numbers of 180, 395 and 590. Statistical 
quantities like mean temperature were obtained. After, the 
Reynolds and Prandtl number effects were analysed. 

Although there are many studies related to turbulent heat 
transfer in liquid metals, the range of Prandtl number selected 
for the existing studies is mostly between 0.01 and 2 [2-8]. In 
the current investigation, a direct numerical simulation of the 
turbulent heat transfer of liquid metal in a channel is performed 
using OpenFOAM which is based on the finite volume method. 
The frictional Reynolds number of the flow is 180. To analyze 
the characteristics of the low Prandtl number fluid in the 
turbulent flow of the channel, the convective heat transfer 
relations are established with Prandtl numbers ranging from 
0.001 to 1. The dimensionless temperature field distributions 
are obtained for eight Prandtl numbers (1, 0.71, 0.25, 0.125, 
0.05, 0.025, 0.005, 0.001). The results of simulation with Pr of 
1, 0.71, 0.05, 0.025 are used to compare with the existing 
database [3-5] to verify the accuracy of the model in this paper. 
The heat transfer characteristics of the turbulent channel flow at 
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low Prandtl numbers are analyzed. The results are fitted to 
obtain the power law equation for the temperature distribution 
with Pr of 0.001 to 1. Finally, the heat transfer relation 
equation for the Nusselt number (Nu) is derived based on the 
temperature distribution correlation. 

  

NOMENCLATURE 
 
ui, uj [m/s] Instantaneous velocity 
u, v, w [m/s] Time averaged velocity in the direction of x, y, z 

meanu  [m/s] Bulk mean velocity 

cp [J/kgK] Specific heat at constant pressure 
t [s] Time 
ν  [m2/s] Kinematic viscosity 
f [-] Friction factor 
T [K] Temperature 
β  [m/s2] Momentum source 

T


 [K] Periodic part of temperature 

Tτ  [K] Friction temperature 

L [m] Streamwise length 
δ  [m] Channel half height 
x, y, z [m] Cartesian axis direction  
a, b [-] Coefficient of Pr correlation 
c, d [-] Coefficient of power law of velocity 
Re  [-] Reynolds number based on channel half height 
Reτ  [-] Friction Reynolds number 

Pr [-] Molecular Prandtl number 
Nu [-] Nusselt number 
 
Subscripts 
+ [-] Dimensionless variable, time and spatial averaged along 

x-z plane 
 
Subscripts 
i  Tensor expression of x, y, z 
w  At the channel wall  
 

CONTROL EQUATIONS AND BOUNDARY 
CONDITIONS 

The flow is fully developed turbulent flow of 
incompressible fluid and gravity is not taken into account in 
present simulation. The scalar transport process is considered as 
passive transport, and does not affect the velocity distribution. 
The physical properties of fluids are treated as constant. The 
expressions of mass, momentum and energy equations are 
given in Eq. (1). 
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∂
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+ = − + +

∂ ∂ ∂ ∂ ∂

∂
+ ⋅∇ −∇ ⋅ ∇ + =

∂



 

 (1) 

The β  in equation (1) is the momentum source term and uS 
is the energy source term. Method introduced in Vlilliers [9] is 
used to generate the initial field. In the upper and lower walls of 
the channel, no slip and zero gradient boundary conditions are 

used for the velocity and pressure fields respectively. Uniform 
heat flux is used for the temperature field boundary condition. 
To save computational resources, periodic boundary conditions 
are used for the velocity and temperature fields in streamwise 
and spanwise. As in the equation (3), Patankar [10] proposed to 
decompose the instantaneous temperature T into a periodic part 
T


 and a nonperiodic part S. S represents the streamwise 
temperature gradient, calculated from the energy conservation 
relation of the channel.  

 ( ) ( )
= = = w

p mean

T x L T x qTS
L L c uρ δ

+ − ∆  (2) 

 = +T T S


 (3) 
The bulk mean velocity umean is defined as equation (4). 

Friction Reynolds number is defined as equation (5). The 
Prandtl number is defined as equation (6). 

 
0

1 1
mean i i

i

u ud y u y
δδ

δ δ
= = ∆∑∫  (4) 

 Re uτ
τ

δ
ν

=  (5) 

 Pr
pc

ν ν
α λ ρ

= =  (6) 

The periodic part of temperature T


 is obtained by adding 
the temperature equation to the official OpenFOAM solver 
pisoFoam. Throughout the computational domain, the total heat 
is introduced by heat conduction at the channel walls. 
Combined with Fourier's law of thermal conductivity, the 
magnitude of the temperature gradient in the flow direction can 
be calculated by equations (2), (4) and (6), the results are 
shown in Table 1. 

 
Table 1 Value of temperature gradient 

Pr Streamwise temperature gradient(K/m) 

0.001 35304 

0.005 7061 

0.025 1412 

0.05 706 

0.125 282 

0.25 141 

0.71 50 

1 35 

 

DISCRETISATION 
OpenFOAM is based on the finite volume method with 

second-order accuracy. In the present simulation, the 
discretization schemes are all second-order. The feasibility of 
using second-order accuracy discretization schemes for direct 
numerical simulations was verified by Komen [1, 11] et al. For 
the temporal discretization of the transient term, the second-
order implicit backward differential scheme is used. the Gauss 
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linear scheme with second-order accuracy is used for the 
pressure and viscous terms. Both the advection term in velocity 
field and scalar field is discretized in second-order linear 
upwind scheme. Velocity and pressure are decoupled using the 
PISO algorithm. 

 

GEOMETRY AND MESHES 
The geometry is shown in Figure 1, The domain size in the 

x, y, and z direction is 6.4𝛿𝛿, 2𝛿𝛿, 3.2𝛿𝛿, which is the smallest 
domain used by Kawamura [5]. 

 
Figure 1 The geometry of computational domain 

 
The mesh in the streamwise and spanwise is uniform. A 

non-uniform grid distribution is used in the wall normal 
direction with a stretching ratio of 1.05. Komen [1] adopted the 
coarsest mesh used by Kawamura and evaluated the numerical 
dissipation of DNS using OpenFOAM, the results were in good 
agreement with the existing DNS database. Compared to 
Komen [1], in the present simulation, more grids in the wall 
normal direction are used to ensure the accuracy of turbulent 
statics in the near wall region. The scale of scalar dissipation is 
Batchelor scale, which is inversely proportional to Pr. 
Therefore, mesh applicable to the Prandtl number of 1 is also 
applicable to the situations where Prandtl numbers are less than 
1. The computational parameters are summarized in Table 2. 

 
Table 2 Summary of computational details 

Friction Reynolds number 180 

Mesh (x, y, z) 128×162×128 

Domain (x, y, z) 6.4δ×2δ×3.2δ 

Mesh size , ,∆ ∆ ∆+ + +x y z  9, (0.25→4.5), 4.5 

Stretching ratio 1.05 

  

RESULTS AND DISCUSSION 
The low Prandtl number effect of turbulent heat transfer in 

liquid metals is studied based on the friction Reynolds number 
of 180 and eight Pr numbers ranging from 0.001 to 1. To valid 
the accuracy of present model, the time averaged velocity field 
and turbulent intensity in present numerical results are 
compared with existing databases. Dimensionless temperature 

field distributions of various Pr numbers are shown to analyse 
the Prandtl number effect on the heat transfer characteristics of 
turbulent channel flow. Power law for the temperature 
distributions within the cross section are fitted for Pr from 
0.001 to 1. Based on the relationship of temperature distribution 
and Pr, the heat transfer correlation for the Nusselt number is 
derived. 
 

 VALIDATION OF NUMERICAL MODEL 
The dimensionless wall normal distance y+, dimensionless 

streamwise velocity u+ and friction velocity are defined in 
equation (7). As shown in Figure 2, the present time averaged 
velocity profile is in good agreement with existing DNS 
database [3][13]. While comparing with the result of Chai using 
LES at the Reτ equals to 640, the mean velocity is slightly 
higher than the results of LES [14], as the Reτ in current 
investigation is low.  

 
Figure 2 Profile of mean velocity 

 wu u u y u y uτ τ τν τ ρ+ += = =  (7) 
  By applying Reynolds decomposition, the instantaneous 

velocity is divided into time averaged velocity iu  and 
fluctuating velocity ′iu . 

 i i iu u u′= +  (8) 
The turbulent intensity is defined in equation (9). As in 

Figure 3, the turbulent intensity in three dimensions is 
compared with database of Kawamura [3] and Vreman [13]. 
The maximum relative error of three dimensions with 
Kawamura database is 5.2%, 4.6% and 5.6% respectively. And 
the relative error of all three components is below 5% 
compared with Vreman. 

 rms rms rms
u u v v w wu v w
u u uτ τ τ

+ + +′ ′ ′ ′ ′ ′
= = =  (9) 
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Figure 3 Profile of +

rmsu , +
rmsv , +

rmsw  
 

TEMPERATURE FIELD AND FITTING PROCESS 
In order to analyze the low Pr effect of liquid metals, this 

section compares the temperature distribution for different Pr 
with the same friction Reynolds number. The dimensionless 
temperature definition is in equation (10), and the friction 
temperature is introduced in equation (11).  

 ( )wT T Tτθ + = −  (10) 

 w

p

qT
c uτ

τρ
=  (11) 

 
Figure 4 Mean temperature Profiles of Pr vary from 0.001 to 1 

 
The dimensionless temperature with Pr of 0.025, 0.05, 0.71 

and 1 are compared with the DNS database of Kawamura. The 
maximum relative error is less than 5%. As shown in Figure. 4, 
the temperature is influenced by the molecular thermal 
diffusion throughout the cross section as the Prandtl number 
decreases, causing a large difference in the temperature 
distribution from the conventional fluid (Pr ~ 1). The 
temperature gradient of the conventional fluid varies greatly in 
the region close to the wall and then tends to be plateaued at the 
bulk region of the channel. The thickness of the linear region 
for dimensionless temperature distribution increases with the 
decreasing of Prandtl number. 

 
Figure 5 Comparison of mean temperature profile and velocity 

Profile 
Figure 5 shows that the temperature and velocity profiles 

are similar at a Prandtl number of 1, whereas the thickness of 
the viscous sublayer is similar to the conduction dominated 
region. Comparing the temperature distribution among various 
Pr number, the smaller the Pr number is, the temperature 
distribution curve tends to be flat. This is due to the fact that as 
the Pr number decreases, molecular heat conduction dominates 
in convective heat transfer, resulting in the range of y+ that met 
the log-law temperature distribution keep shrinking. Most 
conventional equations for Nusselt number are obtained on the 
basis of log-law temperature distribution, which cannot be used 
for low Prandtl number of liquid metals. Therefore, for the heat 
transfer correlation of liquid metals, a new temperature 
distribution calculation is needed. In this paper, the exponential 
function equation (12) is used to fit the calculation results, and 
the obtained temperature distribution correlation is shown in 
Table 3. 

 ( )ba yθ + += ⋅  (12) 
Table 3 Fitting result of temperature profile 

Pr Temperature distribution correlation 

0.001 ( )0.7135+ =0.00291 yθ +  

0.005 ( )0.7105+ =0.01479 yθ +  

0.025 ( )0.6455+ =0.09874 yθ +  

0.05 ( )0.5878+ =0.2244 yθ +  

0.125 ( )0.4740+ =0.6605 yθ +  

0.25 ( )0.3537+ =1.6626 yθ +  

0.71 ( )0.1980+ =5.9641 yθ +  

1 ( )0.1639+ =8.3863 yθ +  
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Figure 6 Comparison of mean temperature profile and velocity 

Profile 
 

As the Figure 6 shows, the fitted results at y+ > 30 are in 
good agreement with the numerical results and can well predict 
the temperature distribution in the range of Pr from 0.001 to 1. 
From the fitting results in Table 3, it can be concluded that the 
coefficient a in equation (12) increases with the increasing of 
Pr and the coefficient of b decreases with the increasing of Pr. 
The relationships between a, b and Pr are fitted by equation (13) 
and (14), respectively. 

 2
1 Prca c=  (13) 

 ( )3 4ln Prb c c= +  (14) 
 

Table 4 Fitting result of coefficient relationship 
Coefficient Pr correlation 

a 1.1468.506 Pr=a  

b ( )0.1311 ln Pr 1.199= +b  

 
As the result, the Prandtl number ranges within 0.001 to 1 

and the temperature distribution is related by equation (15). 

 ( )( ) ( )0.1311 ln Pr 1.199+ 1.146= 8.506Pr yθ
++  (15) 

NUSSELT CORRELATATION OF HEAT TRANSFER IN 
LIQUID METAL 

Applying the power law formation of velocity distribution 
equation (16), the bulk mean velocity in the channel is derived 
and the result is shown in equation (17). 

 ( )d
u c y+ +=  (16) 

 
0

1
1+

d
d

mean
cu uu udy

d
δ

τ τ δ
δ ν

 = =  
 ∫  (17) 

Bring in the definition of frictional velocity τ τ ρ= wu  . 
Then calculate the friction factor f from the bulk mean velocity 
(17), the derived equation is shown in equation (18). 

 

2
11+8

d d
meanudf

c
δ

ν

− +  =   
   

 (18) 

Combine the expression of temperature distribution in 
equation (12) with the velocity distribution in equation (16), to 
obtain the bulk mean average temperature in the channel. 

 
( )

0 w
w mean

mean

u T T dy
T T

u

δ

δ

−
− =

∫  (19) 

Bringing in the friction velocity uτ and the definition of 
Nusselt number, δ λ=Nu h , simplifying the bulk average 
temperature equation (20), the final Nu heat transfer correlation 
(20) is obtained. 

 ( )
( )

1
2

1

1 Pr
1+ 8Re

b

b

b d fNu
a d

−
−

−

+ +  =  
 

 (20) 

The Reynolds number in equation (20) is based on the 
channel half height δ . Where 1.1468.506Pr=a , 

( )0.1311 ln Pr 1.199= +b . The coefficient a and b are the 
fitting results of in Table 3. For moderate Reynolds number, 
coefficient d is taken to be 1/7 [12]. 

 
Figure 7 Comparison of derived Nu equation with DNS result 

at Re=5670 
 

In the case of Re of 5670 and Pr range of 0.001 to 1, the 
derived Nu heat transfer correlation (21) is compared with the 
results of present DNS, as shown in Figure 7. The Nu 
calculated from the derivation results is within the relative error 
of 15% compared with present DNS calculation. 

CONCLUSION  
 

 In this paper, the turbulent heat transfer of liquid metal in 
the channel is directly simulated by OpenFOAM, and the 
following conclusions are obtained. 

1) The velocity distribution is similar to the temperature 
distribution when Pr equals to 1. When Pr is less than 1, the 
range of y+ values that conform to the log-law temperature 
distribution shrinks as Pr decreases. 
 2) The temperature distributions with a Prandtl number range 
of 0.001 to 1 are fitted using a power exponential form. 
 3) The Nusselt number heat transfer correlation for Re equals 
to 5670 and Pr ranges from 0.001 to 1 is derived based on the 
fitted temperature distribution correlation. 
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ABSTRACT 
Thermo-chemical reactions between steam and hot nuclear 

fuel rod cladding can become a major heat source during a 

hypothetical Loss of Flow Accident (LOFA) in water-cooled 

nuclear reactors. This paper identifies conditions that may lead 

to uncontrolled (runaway) cladding oxidation during a LOFA 

event, based on semi-analytical solution of the main channel 

parameters (cladding temperature, two-phase mixture level and 

rate of evaporation). Three zones are considered along the 

channel: a boiling liquid zone at the lower section of the channel, 

a superheated steam zone, and a hot section of dry metal cladding 

above the collapsed liquid level. A criterion, based on the inlet 

flowrate and thermal boundary conditions is defined, which 

enables a-piori estimation whether runaway conditions may 

prevail at the upper part of the channel. 

INTRODUCTION 

Imbalance between heat generation and heat removal can 

pose a major safety threat in nuclear power plants. In Fukushima 

[1], a partial failure of the coolant pumps led to a Loss of Flow 

Accident (LOFA) in which heating by decay of fission products 

together with thermochemical heat of oxidation was sufficient to 

breach the fuel cladding and eventually melt the core. Safety 

analysis of an oxidizing fuel channel typically follows the 

cladding temperature escalation by numerically solving the heat, 

momentum and mass balance equations in the channel [2]. The 

objective of this paper is to identify relevant conditions that may 

lead to uncontrolled (runaway) cladding oxidation during a 

LOFA event. A drift-flux model [3], based on a set of time 

dependent mass and energy equations along the fuel-channel, is 

developed in order to quantify the effect of cladding oxidation 

on the transient behavior of a reactor fuel-channel during LOFA. 

Representative results are provided for a partially exposed, 

LWR-like fuel-channel to explain the interrelated transfer 

processes taking place along the core. Generally, continuous 

boiling and evaporation at the lower wet zone of the channel 

reduces the liquid level in the core. This, in turn, results in lower 

steam generation, deteriorating convective cooling of the 

exposed top zone, and enhanced rate of chemical oxidation at the 

cladding surface. Under certain conditions, depending on the 

coolant flowrate and the heat transfer coefficient at the steam-

cladding surface, the top cladding temperature may rise sharply 

in an uncontrolled manner (runaway or ignition) [4]. A general 

criterion is developed for a-piori estimation whether runaway 

conditions may prevail along the channel. 

NOMENCLATURE 

A [m2] Flow area 

a [m] thickness 
B [K] Activation energy parameter

C [J/kg-K] Specific heat 

C0 [-] Drift flux parameter 
H [W/m2-K] Convective coefficient 

h [J/kg] Enthalpy 

Jg , Jf [m/s] Vapor, liquid volumetric flux 
k {W/m-K] Thermal conductivity 

L [m] Channel length

[m] Level-swell

m [kg/s] Flowrate

Q0 [J/kg] specific heat of zirconium oxidation reaction

0q [W/m] Maximum linear decay power

R [m] Fuel rode radius 

S [m2] 

T [K] Temperature
Vgj [m/s] Drift velocity 
v [m3/kg] Specific volume 

z [m] Cartesian axis direction

Special characters 

 [-] Vapor volumetric fraction 

 [C-1] Thermal expansion coefficient 

 [m] Oxide layer thickness

 [kg/m3] Density 

 [N/m] Surface tension 

 [-] Normalized power parameter 

Subscripts 
c Cladding 

i Inlet 

max Maximum value 
g, f Gas, liquid  

fg Difference gas-liquid 

s Steam 
max Maximum  

o Outlet 

THE PHYSICAL MODEL 

We consider the transient response of a fuel-channel during 

LOFA in an LWR-like core. The idealized fuel-channel, shown 

schematically in Fig. 1, assumes a square lattice rods’ array 
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defined by a given pitch and rod's outer radius. The channel 

consists of three main zones: a boiling two-phase zone extending 

up to level  from the bottom, a superheated zone extending 

from  to the top of the channel ( L ) and an upper cladding 

section of length L − , which is in contact with superheated 

steam. The channel is subjected, along its height, to a sine shaped 

heat flux resulting from residual decay heat in the fuel. The 

simulation transient time begins after the core has depressurized 

and the two-phase boiling level has reached the Top of Core 

(TOC). It is assumed that throughout the transient the core’s 

pressure remains unchanged (at 4 bar) and a corresponding 

saturation temperature prevails at the bottom liquid zone. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Fig. 1: Schematic representation of the fuel-channel 

 

For a given inlet mass flow rate, im , the water level in the 

core gradually decreases before reaching a steady-state level at 

which the inlet flow compensates the rate of boiling and 

evaporation in the lower wet section. The vapor generated in the 

boiling zone reaches the upper steam zone, where it heats up in 

contact with the cladding and eventually leaves the channel as 

superheated steam. The cladding heats up by the decay power in 

the fuel as well as by the thermochemical oxidation at its contact 

surface with the steam. Heat of oxidation becomes dominant at 

elevated temperatures, thus speeding up the time for cladding 

failure initiation. In the following we list the mass and energy 

balance in each physical zone defined in Fig. 1. 

The boiling zone extends from the bottom ( 0z = ) up to 

level . During a LOFA transient, liquid entering the channel 

boils in that zone at the rod's surface as a result of residual decay 

power. The inlet liquid as well as the two-phase fluid in the 

boiling zone is considered to be at saturation temperature 

throughout the transient. The vapor generated in the boiling zone 

flows up to the steam zone section of the channel where it 

superheats by contact with the hot cladding.  

The two-phase fluid mixture level in a reactor vessel is an 

important parameter for the assessment of reactor safety. During 

normal operation, accurately knowing this parameter leads to a 

better understanding of what the maximum fuel temperatures are 

inside the core, which can affect fuel performance and core 

lifetime. Knowing the two-phase level during accident 

conditions is important for predicting the cladding temperature 

and assessing the fuel integrity. The two-phase mixture level, , 

is sometime denoted as "level swell" due to swelling in 

comparison to neat single-phase liquid, or simply "level". 

Extensive studies on two-phase level swell have been made 

for the past few decades and have led to a variety of different 

approaches and techniques for modeling purposes. The most 

practical and accurate method today is called the drift-flux 

model, which essentially considers the spatial distribution and 

the relative motion between the two phases using a constitutive 

relation [3, 5]. The one-dimensional drift-flux model considers 

the mixture as a whole, rather than as two separate fluids. It is 

considered appropriate in this study as the motions of the two 

phases are generally strongly coupled. 

The general drift-flux formulation for the area averaged void 

fraction,  , along the flow channel is given by,  

 ( )
( )

( )

( )

( ) ( )0 0

g g

g j g f g j

j z j z
z

C j z V C j z j z V
 = =

+  + + 

      (1) 

where 0C  is distribution parameter and ( )gj z , ( )fj z  are 

vapor and liquid volumetric fluxes, respectively. 
g jV  is void 

weighted "drift velocity" with respect to the average total 

superficial velocity defined as, 
g fj j j= + . The subscripts g  

and f  denote gas and liquid respectively.  

Assuming a sine shape decay power along the channel, the 

vapor volumetric flux (superficial vapor velocity) at level z  

along the boiling region can be written as 

 

( ) 0

0

0

sin

1 cos

z
g

g

fg z

g

fg

v z
j z q dz

Ah L

v L z
q

Ah L







=

 
 = = 

 

  
 −   

  


        (2) 

where A  is the flow area, L  is the total channel's length, 
gv  

the vapor phase specific volume, 
fgh  the latent heat of 

vaporization and 0q  the maximum linear decay power (at the 

rod’s center).  The value of 0q  was determined by a decay heat 

formula [6] assuming the transient starts when the two-phase 

level has reached the TOC at 12 minutes after reactor scram. 

The liquid volumetric flux (superficial liquid velocity) at 

level z  along the boiling region is, 

 

( ) ( )

( ) ( ) ( ) ( )

while
fi

f f g

g

fgi

g f f g

g

vm
j z v j z

A v

vm
j z j z j z v j z

A v

= −

= + = +

      (3) 
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where im  is the inlet liquid mass rate, 
fv  is the liquid phase 

specific volume and 
fg g fv v v= − . 

In eq. (1), if the drift velocity 0g jV =  and 0 1C = , the drift 

flux relationship describes homogeneous flow. If 0g jV   and 

0 1C = , drift flux relationship yields the so-called slip equation. 

It can be shown that 0 1C   when the void concentration at the 

wall is greater than at the center, and 0 1C   for the reverse 

condition. In the present analysis we use the slip equations (i.e., 

0 1C =  and 0g jV  ) to describe the channel transient during 

LOFA. For the drift velocity we use [5], 

 ( )
1/4

2.9
f

g j g f

g

v
V v v g

v


 
= − 

  

         (4) 

where  , is surface tension and g  is gravitational constant. 

Typical results of superficial vapor and liquid velocity 

distributions along the flow channel are depicted in Fig. 2 for a 

representative inlet liquid flowrate. The maximum liquid flow 

rate, 
,maxim , corresponds to the inlet flowrate required to keep the 

level swell at the channel’s top, ( )3.66z L m= = , calculated by 

substituting z L=  eq. (2) as, 

 ( ),max 0

2
i g

g fg

A L
m j L q

v h
= =         (5) 

 

Fig. 2 Superficial vapor and liquid velocity distributions 

along the flow channel at 80% of 
,maxim . 

We note that the liquid superficial velocity, 
fj ,  is lower than 

the vapor counterpart. It is highest at the bottom and vanishes at 

the level swell position, . The vapor and total superficial 

velocities are almost identical throughout the flow path. In Fig. 

2, the inlet liquid flowrate is 80% of the maximum, thus the 

level-swell is below TOC ( )2.57z m= . Note that the 
fj

vanishes above the level-swell while the vapor volumetric flux, 

gj  remains almost constant. 

The average void fraction in the boiling section of the 

channel,  , can be determined by substituting eqs. (2) - (4) into 

eq. (1) and integrating the ( )z   from 0z =  to the top of the 

boiling zone at z = . Analytic integration yields, 

 

( ) 1

1

1 10

1 1 1

1 0 1 1 0

1

1 0

1 1 2
1 tan tan

2

2
; ; ;

fg g

g fg

i f
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L
z dz s

b s L

v Lva b d
b C s a q

v d Ah

m v
d V C
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−
   

  = −   
   

+
= = =

= +



    (6) 

Using eq. (6), the fluid average density in the two-phase zone, 

 , becomes, 

 
f fg   = +              (7) 

where 1/f fv =  is the liquid density, 1/g gv =  is the 

vapor density and 
fg g f  = − . Representative results of 

vapor fraction and density distributions along the flow channel 

are depicted in Figs. 3 and 4 for a representative value of inlet 

flowrate. Void fraction and density, averaged from bottom of the 

channel to z , are also shown.  

 

Fig. 3 Void fraction distribution along the flow channel and 

averaged values from 0 to z  at 80% of 
,maxim  

 

Fig. 4 Two-phase mixture density distribution along the 

flow channel and values averaged from 0 to z  at 80% of 
,maxim  

The average void fraction is always lower than its local value, 

while average fluid density, up to level z , is always larger than 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 331 of 1061



  

  

its local value at z , i.e., ( )z  monotonically increases, while 

( )z  decreases with z . In the steam zone, shown in Figs. 3 and 

4, void fraction remains unchanged at 1 =  and density is 

g = . The value of the void fraction at the two-phase/single-

phase interface (the level-swell), 
* , can be obtained at steady 

state by equating 
fj  to zero in eqs. (1) and (3).  

The level-swell is calculated from a mass balance over the 

boiling region as, 

 ( ) ( )i g g

d
A m A j

dt
 = −         (9) 

where ( )gj , is the vapor volumetric flux at the swell level. 

The left-hand side of eq. (9) can be further developed as, 

( )

fg

d d d d d
A A A

dt dt dt dt d

d d d d d
A A

dt d d dt d

 
  

  
  



   
= + = + =  

   

   
+ = +   

   

    (10) 

Equations (9) and (10) yield, 

 ( )fg i g g

d d
A m A j

dt d


  

 
+ = − 

 
       (11) 

The term /d d  in eq. (11) can be readily evaluated by 

taking the derivative of eq. (6) with respect to the boiling length, 

 as, 
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1 1
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2
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2 2
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−

−
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 (12) 

 

For a given inlet mass flow rate, im , eqs (11) and (12) fully 

describe the transient behavior of the level swell. The vapor 

volumetric flux at the level swell, ( )gj , is given in eq. (2) with 

z = . As an initial condition for eq. (11) it is assumed that 

at 0 ;t L= = . 

Note that the rate of level change, /d dt , in eq. (11) may 

be positive or negative depending on the relative magnitudes of 

the rate of water injected at the bottom and vapor volumetric flux 

at the level-swell during the LOFA. In the following we consider 

only the more important safety case of receding liquid level, in 

which runaway thermochemical reaction may take place in the 

upper steam zone as described in the following section. 

The steam zone extends from the top of the boiling zone to 

the TOC. In this zone saturated vapor generated at the lower 

boiling zone is superheated as a result of convective heat transfer 

at its contact surface with the hot cladding.  Considering the total 

mass, SM , and total enthalpy in the steam zone, 

 
( )S S

S S

Mass M A L

Enthalpy M h

= −
    (13) 

the balance equations for the steam zone become, 

( ) ( )

( ) ( ) ( )

S g g o

S S C S g g g o S

d
A L A j m Mass

dt

d
A L h H S T T A j h m h Energy

dt

 

 

− = −  

− =  − + −  

(14) 

where S  is superheated steam density, om  is mass flow rate 

of superheated steam exiting the channel, respectively, Sh  is the 

specific enthalpy of the superheated steam, H  is the convective 

heat transfer coefficient (HTC), ( )2S R L= −  is clad/steam 

contact surface area, R  the cladding’s outer radius, and 

andC ST T  are the cladding and superheated steam temperatures, 

respectively. The left-hand sides of eqs. (14) can be further 

developed as,  

( ) ( ) ( ) S

S S S S S

dhd d
A L h h A L A L

dt dt dt
  − = − + −      

      (15) 

Substituting the steam mass equation into the energy balance, 

yields the steam enthalpy in terms of the state variables, Sh , CT  

and ,  

( )
( ) ( ) ( )( )

1
2S

C S g g g S

S

dh
R L H T T A j h h

dt A L
 


 = − − + −
 −

  (16) 

The convective heat transfer coefficient, H , is used as a 

parameter in this study. The steam exit mass flow rate, om , can 

be readily calculated by solving the mass balance in eq. (14) and 

considering the transient level swell and transient steam enthalpy 

in eqs. (11) and (16) as,  

 

( ) ( ) ( )

( ) ( )

S S S S

S S g g o

S S

S

o g g S S

S

dM d dh dhd d
A L A L A j m

dt dh dt dt C dt dt

dh d
m A j A L

C dt dt

 
  


  

   
= − − = − − + = −   

   

 
= + − + 

 

 (17) 

where  , is the steam volume expansion coefficient and SC  

is the steam specific heat. Note that since the system pressure is 

assumed constant, the density in eq. (17) depends on the steam 

specific enthalpy only.  

The upper cladding zone is typically heated by decay heat 

at its inner side and convectively cooled by superheated steam at 

its outer side. The cladding may also be heated at its outer surface 

as a result of the thermochemical oxidation reactions with steam, 

which could become significant at elevated temperatures. Since 

the cladding thickness, Ca , is typically small, the clad 

temperature may be assumed uniform across its thickness. The 

total cladding mass, CM , and total enthalpy are, 

 
( )

( )

2C C C

C C C in

Mass M Ra L

Enthalpy M C T T

 = −

−
      (18) 

The mass and energy equations for the upper cladding zone 

become, 

( )

( ) ( )( )
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where R  is the fuel rod radius, C  clad density, CC  is 

cladding’s specific heat, ( )L −  is the length of the upper 

cladding, 
66.5 10 /oQ J kg=   is the specific heat of zirconium 

oxidation reaction, inT  the liquid inlet temperature (saturation) 

and CT   is the cladding temperature.  

The first two terms on the RHS account for the decay heat at 

inner surface and the thermochemical heat of oxidation at the 

clad/steam contact surface. The third term is the convective heat 

transfer between the cladding and the superheated steam in the 

upper zone. The energy equation may be restated as, 

( )

( )
( )

( ) ( )0

2

1

L

C oz

C S

C C C C C C C C

o

C Sat

C C

q z dz
dT Q d H

T T
dt Ra C L a C dt a C

Q d
T T

L a C dt



  

 

=



= + − − +
−

 
+ − − − 

−  


     (20) 

The last term on the right-hand side of eq. (20) accounts for 

two effects: cladding cooling due to continuous addition of 

exposed cold surface, and oxidation heating of the newly 

exposed surface.  The level-swell, /d dt ,  is negative when the 

two-phase level decreases in time. The thermochemical reaction 

heat (2nd term at the RHS of eq. (20)) is related to the growth rate 

of the oxide layer,   given in [8, 9] as, 

 expr

C

kd B

dt T





 
= − 

 
              (21) 

where 
5 23.968 10 /rk m s−=  is the applicable pre-exponent 

reaction rate,  6500 /oQ kJ kg=  is the specific heat of 

zirconium oxidation reaction and 22,900B K=  is the activation 

energy parameter [7]. 

Equations (11), (16), (20) and (21) may be rearranged as a set 

of 4 ordinary differential equations (ODEs) for the 4 state 

variables , , andS Ch T  as follows, 
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ddt
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 expr

C

kd B
Oxide Thickness

dt T





 
= − 

 
       (25) 

The initial and boundary conditions are, 

( ) ( ) ( ) ( )  80 ; 0 ; 0 ; 0 10S g C SatL h h T T m −= = = =      (26) 

The variables ( ) , / ,gj d d  are calculated from eqs. (3) 

and (12). The inlet mass flow rate, im , and the convective heat 

transfer coefficient, H ,  are used as predetermined parameters. 

Note that for given system pressure and geometry the RHS of 

eqs. (22)-(25) depends only on input constants and the set of the 

4 state variables. 

  

RESULTS AND DISCUSSIONS 
 

The set of ODEs (22) to (25) was numerically integrated 

subject to initial conditions (26) for the following input 

parameters, corresponding to a hypothetical LOFA in a LWR-

like fuel channel: 

0 432.6 /q W m =  4p bar=  

21.538 cmA =  0.7188R cm=  

0.57Ca mm=  3.66 [ ]L m=  

280 /CC J kg K= −  35,600 /C kg m =  

5 23.968 10 /rk m s−=   22,900B K=  

6,500 /oQ kJ kg=  ,max 0.4725 /im g s=  

 The linear power, 0q , corresponds to a typical power in an 

average PWR’s channel, 720 sec after scram [6].  

Transient calculations were conducted to study the evolution 

of the steam and cladding temperatures as well as the thickness 

of oxide layer developing. As stated in eq. (26), the transient 

begins with the level-swell at the top of the channel. At that time, 

saturated liquid is injected at the bottom of the channel, at a 

predetermined rate, im . The level swell is followed as it 

decreases because of vapor generation at the two-phase region. 

The level eventually stabilizes at a level, , that depends on the 

inlet flow rate.  

Typical results of level-swell are shown in Fig. 5 for different 

values of inlet flow rate and constant convective heat transfer 

coefficient, 210 /H W m K = −  . At zero inlet flow, the level 

monotonically drops towards the bottom, while the steam zone 

expands and fills the whole channel. At higher inlet flows, the 

level typically stabilizes at a certain height along the channel. 

When 
,maxi im m=  the two-phase level, ,  remains indefinitely 

at the TOC.  

 

Fig. 5: Two-phase level at different inlet liquid flow rates. 
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Fig. 6: Clad temperature vs. time at different inlet flowrates. 

 

The upper cladding section is heated by decay heat and heat 

of oxidation, while convectively cooled by the steam. The vapor 

produced in the boiling zone heats up in this section as a result 

of its contact with the hot cladding. Depending on the rates of 

heating and cooling, the cladding temperature may stabilize or 

escalate in a runaway manner. Figure 6 shows that when the 

relative flowrate is reduced from 79.26% to 79.25%, the 

cladding temperature evolution changes dramatically from 

bounded profile that reaches a maximum value before gradually 

decreasing, to a typical runaway profile. The sharp escalation in 

the clad and steam temperatures is attributed to the intense 

thermochemical heat of oxidation released at the upper cladding 

region. 

Calculations were performed for a wide range of flowrate 

ratios, convective coefficients and normalized power parameter, 
 , in the steam section, in order to identify the range of 

parameters leading to runaway heating. The critical lines in Fig. 

7 divide the parameters’ space into two regions; controlled 

heating prevails above the lines and runaway conditions below.  

 

Fig. 7: Critical lines at various power parameter,   

The normalized power,  , accounts for the inlet steam 

temperature into the steam zone, the maximum level-swell, 

linear decay heating, channel’s geometry and steam and metal 

properties [9].  Hence, for a given geometry and decay heat, the 

critical conditions can be readily expressed by the flowrate ratio 

and the convective coefficient as shown in Fig. 7. 

CONCLUSIONS 
 

The effect of cladding oxidation on the transient behavior of 

a reactor fuel-channel during a hypothetic LOFA was 

investigated. The model is based on solving the set of time 

dependent drift-flux mass and energy equations in three zones 

along the channel, i.e., boiling liquid zone, superheated steam 

zone and the hot section of the cladding above the two-phase 

level. The model accounts for the heating of the fuel cladding by 

residual decay heat as well as by the thermo-chemical reactions 

between the fuel cladding and the superheated steam 

environment at its outer surface.  

The results summarized in Fig. 7 allow an a-priori prediction 

of runaway oxidation in the channel based on the inlet flow rate 

and convective heat transfer coefficient. Forecasting runaway 

condition in metal interacting with superheated steam may prove 

vital for design, control and safety assessment of high-power 

systems. 
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ABSTRACT 
In this work, we simulated liquid droplet impacting on a 

micropillar-arrayed viscoelastic substrate in ambient 
environment, which involves falling, spreading, and splashing, 
by the finite volume method (FVM) coupled with the volume of 
fluid (VOF) model to build the interface of two immiscible fluid 
phases. Due to the viscoelasticity of the micropillared substrate, 
a five-parameter generalized Maxwell model in the Laplace–
Carson (LC) space was adopted by us to get the equivalent elastic 
response of the micropillared substrate as a substitute of its 
viscoelastic properties, which captures both stress relaxation and 
creep in response to the droplet impact. Then, the bulk strain of 
the micropillared substrate in real space was obtained by the 
inverse Laplace–Carson transform. As such, the micropillared 
substrate is considered to be composed of gaps into the otherwise 
intact soft material, of which the viscoelastic properties can be 
quantified by the gap density 𝜖. It is found that with increasing 
impact velocity 𝑈 , the splash extent is dramatically enlarged for 
a specific gap density 𝜖 , and there are much more satellite 
droplets ejected. This strengthened splash tendency could also be 
observed through the contours we obtained, which has an 
excellent agreement with our simulation results. 

NOMENCLATURE 
D [s-1] Deformation tensor 
u [m/s] Velocity vector 
ρ [kg/m3] Density 
μ [N/m2·s] Dynamic viscosity
P [N/m2] Pressure 
g [m/s2] Gravitational acceleration 
Fs [N] Capillary force
f [-] Volume fraction 
σ [N/m] Surface tension coefficient 
a [m/s2] Acceleration vector 
κ [m-1] Curvature 
n [-] Normal vector 
δs [-] Dirac distribution function 
ksub [N/m2] Bulk moduli 
μsub [N/m2] Shear moduli 𝜂     [N/m2·s] Bulk viscosity 𝜂     [N/m2·s] Shear viscosity 
p [-] Laplace–Carson variable 
σ0 [N/m2] Stress under specific loading 
ε0(p) [-] Strain under specific loading 
ϕ(p) [-] Function in LC space 
ϕ(t) [-] Function in real space 

INTRODUCTION 
Droplet impact dynamics and related splash behavior during 

the impacting process on a substrate have been extensively 
studied over the past two decades. Based on the coupled 
conditions of the droplet and the surface structures, six distinct 
regimes, including deposition, receding break-up, rebound, and 
splashing, may take place during the droplet impinging on solid 
surfaces [1]. And for the spreading stage, several parameters play 
an imperative role in determining the maximum spreading 

diameter such as droplet impact velocity, surface roughness, and 
surface wettability [2,3]. Lann et al. [2] conducted the droplet 
impact investigations of diverse liquid droplets with various 
viscosities to deduct a universal scaling of maximum spreading 
diameter, which considered both the capillary and viscous forces 
and reached a good agreement with the experiments. Moreover, 
regarding the splashing process, the droplet may exhibit diverse 
geometric appearances such as corona, prompt, and fingering, 
depending on the droplet size, impact velocity, and surface 
conditions [4,5]. 

As most of the above-mentioned studies were focused on 
solid substrates, the interaction between the liquid droplet and 
the substrates can be completely understood by probing energy 
transport and force imposition. Since capillary forces also play a 
critical role in determining the droplet spreading and recoiling 
evolution on rigid substrates in addition to inertial forces, 
Pasandideh‐Fard et al. [6] examined the droplet spreading 
diameter and recoil height to evaluate the capillary effects of 
droplet impact on a solid surface and carried out various 
simulations by the SOLA-VOF method. They found that the 
droplet shape maintains almost the same after the initial impact, 
and when surface tension is decreased by adding a surfactant, the 
maximum spreading diameter would increase while the recoil 
height would reduce. Furthermore, the droplet spreading 
evolution and the generated splash format would be substantially 
affected by various factors, such as impact velocity, drop 
diameter, liquid viscosity, and surface tension. To investigate the 
effects of such factors on the droplet spreading diameter and the 
impact outcome, Rioboo et al. [7] studied the droplet impact 
process on a solid dry surface and found that there exists a 
dimensional similarity for the impact shape during the initial 
impact phase under various conditions.  

Recently, polymer-matrix composites, physiological tissues, 
and polymeric compounds, e.g., polydimethylsiloxane (PDMS), 
have been widely studied due to their unique viscoelastic 
properties [8]. And because this intriguing type of material owns 
elasticity and viscosity simultaneously, its mechanical response 
during droplet impact is quite different from solely elastic solids 
or viscous fluids. This kind of viscoelastic materials have 
accordingly gained increasing attention than the traditional 
materials.  Thus, an appropriate mathematical characterization of 
viscoelasticity is imperative and needed before investigating 
droplet impact on the viscoelastic substrate. 

Various mathematical models of viscoelastic materials have 
been put forward to gain deep insight into their deformation, 
relaxation, and creep responses, of which the validity of these 
models was also tested by experiments. Chyasnavichyus et al. 
[9] used atomic force microscopy (AFM) to measure the probe
tip force-displacement curve and studied the elasticity and
viscoelasticity of polymer (poly(n-butyl methacrylate)) based on
Sneddon’s model for the elastic region and Johnson’s model for
the viscoelastic region, which was carried out across the whole
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glass-transition process and under diverse loading conditions. 
Boisly et al. [10] investigated the rate dependence of cutting 
process of viscoelastic materials both from experimental work, 
e.g., relaxation experiments and tensile tests, and finite element 
simulation with a generalized Maxwell model for linear 
viscoelasticity and Mooney-Rivlin model for force-displacement 
relation. 

There are two basic viscoelastic models adopted widely to 
capture the stress-strain relation, i.e., the Kelvin–Voigt model 
and the Maxwell model. In the Kelvin–Voigt model, the 
viscoelastic system consists of a spring and a dashpot in parallel 
whereas the Maxwell model is composed of the same 
components but connected in series [11]. However, the Kelvin-
Voigt model is insufficient for describing the stress relaxation 
process, and the Maxwell model is deficient in the creep analysis 
[11]. Therefore, the generalized Maxwell model can account for 
both the relaxation and creep procedures simultaneously [12]. 
Moreover, by decreasing the number of Maxwell series, the five-
parameter generalized Maxwell model has been developed to 
achieve an accurate description of viscoelasticity while reducing 
the computation cost [13]. 

Up to now, only few of the droplet impact studies have been 
conducted on the micropillar-arrayed viscoelastic materials. 
However, some of prior droplet impact studies on a variety of 
surfaces, such as a micro-structured surface, liquid film, and 
porous media, can be a benchmark on how to deal with the 
micropillar-arrayed surfaces. For instance, Choi et al. [14] 
performed numerical simulations to study the droplet impact and 
evaporation on a porous media by solving vapor fraction related 
equations in addition to the governing equations, in which the 
effects of impact velocity, porosity and particle size on the 
droplet impingement and evaporation were carefully studied. In 
terms of soft base such as liquid film, Guo et al. [15] leveraged 
the combination of level set method and VOF approach to 
investigate the two-dimensional droplet impact upon a liquid 
film. They analyzed the effect of impact velocity and film 
thickness on spreading diameter. 

Therefore, based on the review above, our work in this paper 
can be divided into several parts: 𝑖  construct the mathematical 
models for both the droplet field and the micropillar-arrayed 
viscoelastic substrate and investigate the coupling effects 
between them; 𝑖𝑖  based on the values of elastic modulus and 
viscosities of a specific micropillar material, conduct parametric 
simulations of droplet impact on micropillared viscoelastic 
surfaces and study the effects of impact velocity 𝑈  on splashing 
magnitude. 

MATHEMATICAL MODEL 
Theory and Discretization Method for Droplet and Gas 
Fields 

In this work, the droplet splashing and spreading 
phenomena were systematically analyzed mainly by solving the 
Navier–Stokes (N-S) equations shown in Eq. (1) [16], which is 
discretized by finite volume method (FVM) and solved through 
the algebraic equation system after discretization. In the 
meantime, the deformation velocity of substrate was treated as a 

Dirichlet boundary condition to the whole computed flow field 
at the impacted substrate surface. Also, since ambient gas and 
liquid droplet belong to different phases, the volume of fluid 
(VOF) method [17] was adopted to obtain the concrete volume 
fraction values of each phase at every computation step as Eq. 
(2), which could also be recognized as an advection equation for 
volume fraction field. According to the convention of volume 
fraction value for two-phase case, if one specific grid cell is fully 
filled with one phase, volume fraction 𝑓 is assigned as unity for 
this phase and zero for another phase. Therefore, for two phase 
flow, the weighted density and viscosity used in N-S equations 
are obtained as Eq. (3) and Eq. (4). 𝒖 + 𝛻 ⋅ 𝜌𝒖𝒖 = −𝛻𝑃 + 𝛻 ⋅ 2𝜇𝑫 + 𝜌𝒈 + 𝑭      (1) + 𝒖 ⋅ 𝛻𝑓 = 0                                  (2) 𝜌 = 𝜌 𝑓 + 𝜌 1 − 𝑓                            (3) 𝜇 = 𝜇 𝑓 + 𝜇 1 − 𝑓                            (4) 

where 𝑫 is the deformation tensor which could be expressed as 𝑫 ≡ 𝜕 𝒖 + 𝜕 𝒖 2⁄ . 𝒖 is the velocity vector for all phases, 𝜌 
is the weighted density of fluids and 𝜇 is the weighted dynamic 
viscosity of fluids. Additionally, 𝑃 stands for the pressure, 𝒈 is 
the gravitational acceleration, 𝑭  represents the capillary force 
caused by surface tension, and 𝑓 stands for volume fraction. 

The detailed temporal discretization of the N-S equations is 
realized by a C-package software named BASILISK, which 
provides the user with the FVM solver and the VOF solver as 
well as multiple discretization methods, not only for the solver 
but also for the specific terms in partial differential equations. 
And in the FVM solver, each term in the N-S equations such as 
the advection term, diffusion term, pressure gradient, and 
acceleration term would be discretized separately with the 
appropriate scheme correspondingly. For the VOF solver, Eq. (2) 
would be solved per each grid cell at every time step to get the 
volume fraction of each cell. Then the Eqs. (3)-(4) are utilized to 
obtain the weighted density and viscosity in each cell, which are 
substituted back into the N-S equations for the next time step. 

BASILISK owns an excellent adaptivity and accuracy to 
discretize the N-S equations in an appropriate way based on the 
type of the fluid fields such as the droplet impacting process in 
the ambient air, as studied in our case. As an instance, a time split 
scheme of the VOF method was adopted in BASILISK to 
investigate the two-phase viscoelastic flow and the splashing 
process of viscoelastic droplets on solid flat surfaces [18]. 

Regarding the detailed discretization, the momentum 
equation is discretized to a second-order time discretization 
using an intermediate velocity 𝒖′  as shown in the following 
equation [19]: 𝒖 − 𝛻 ⋅ μ 𝐃 = 𝛻 ⋅ μ 𝐃 + ρ𝐚 + 𝜎𝜅𝛿 𝒏 +𝜌 [𝒖∆ − 𝒖 ∙ ∇ 𝒖 ]                          (5) 
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where 𝜎 is the surface tension coefficient, 𝒂 is the acceleration 
vector including the effect of gravity and external force, 𝜅 and 𝒏 
are curvature and normal vector to the interface, respectively, 
and 𝛿  is the Dirac distribution function related to the interface. 

As shown in Eq. (5), the right-hand side only relies on the 
values at time step 𝑛  and 𝑛 + 1 2⁄ . This Helmholtz-type 
equation (Eq. 5) could be solved by an alternative form of 
multilevel Poisson solver. The viscous term is discretized by 
Crank–Nicholson method which is second-order convergence 
and unconditionally stable. Also, the Bell–Colella–Glaz second-
order unsplit upwind scheme [20,21] is utilized to discretize the 
velocity advection term 𝒖 ⋅ 𝛻𝒖 . When CFL numbers are 
smaller than one, this scheme is relatively stable. 

Viscoelastic Model for Micropillar Arrays Decorated on 
Substrate 

According to Nguyen et al. [22], the viscoelastic temporal 
response to external stress could be equalized to the elastic 
temporal response of an equivalent elastic material in Laplace–
Carson (LC) space. In this paper, a five-parameter generalized 
Maxwell model as shown in Fig. 1 is adopted by us to represent 
the elastic response in this space. And due to the interstitial gaps 
existing between micropillars, the micropillar array can be 
treated in a similar way as the cracked material. That is, the 
cracked material is transformed in LC space to get the equivalent 
moduli, considering the effects of the crack density (or gap 
density, 𝜖 = 𝑁𝑎) in the material. Here, 𝑎 is the crack radius and 𝑁 is the number of cracks in unit volume of the cracked material. 
Consequently, for generalized Maxwell model in LC space, the 
bulk and shear moduli of the viscoelastic micropillared material, 𝑘 ∗ and 𝜇 ∗ , could be given by Eq. (6) and Eq. (7) (for five-
parameter model, n = 2): 𝑘 ∗ = 𝑘 𝜖 + ∑ ( ( + ( ))            (6) 

𝜇 ∗ = 𝜇 (𝜖) + ∑ ( ( ) + ( ))           (7) 

where * represents LC transform and 𝑝 denotes the LC variable.  𝑘  and 𝜇  (sub = 𝑖 𝑜𝑟 ∞) indicate the bulk and shear moduli 
of the additional spring and specific spring in each Maxwell 
series. 𝜂  and 𝜂  are the bulk and shear viscosities of the 
corresponding Maxwell series.  

 
FIG. 1: The schematic composition of five parameter model 

In our case, the equivalent shear modulus is not the main 
concern due to its relatively less influence on the droplet motion 
during impact process. Therefore, only the bulk strain caused by 

the bulk modulus (Eq. 6) was adopted in our analysis, resulting 
in the bulk deformation velocity which was then applied as a 
Dirichlet boundary condition to the fluid field. Meanwhile, to 
avoid the complexity of getting the exact value of 𝑘 (𝜖) 
( 𝑠𝑢𝑏 = 𝑖 𝑜𝑟 ∞ ) and 𝜂 (𝜖)  by calculation in Eq. (6), the 
approximate effectiveness (j) of the viscoelasticity of the 
micropillared material (𝑘 (𝜖)  and 𝜂 (𝜖) ) under various gap 
densities (𝜖 ) could be obtained by the Effective Viscoelastic 
Properties Figures provided by Nguyen et al [22].  

Then, the bulk moduli and viscosities of micropillared 
material are obtained by multiplying the corresponding moduli 
and viscosities of the intact material with particular effectiveness 
for each specific gap density. The effectiveness values (j) of the 
bulk micropillar moduli and viscosities against diverse gap 
densities are given in Table 1, which will be used in subsequent 
simulations. Also, the bulk moduli and viscosities of the intact 
material in these cases are listed in Table 2 (adjusted to make the 
material softer here than the intact material in [22]). 
Table 1: The effectiveness (j) of bulk micropillar moduli and viscosities 
compared to the intact ones against gap densities (ϵ) [22] 

Gap 
Density 

Effectiveness Value (j) 

(𝜖) 𝑘 (𝜖) 𝑘⁄  𝑘 (𝜖) 𝑘⁄  𝑘 (𝜖) 𝑘⁄  𝜂 (𝜖) 𝜂⁄  𝜂 (𝜖) 𝜂⁄  
0.05 0.868 0.855 0.850 0.862 0.860 
0.10 0.750 0.738 0.732 0.753 0.755 
0.15 0.660 0.589 0.586 0.661 0.662 
0.20 0.590 0.578 0.575 0.593 0.595 

 
Table 2: Bulk moduli and viscosities of the intact material (based on 
[22] and adjusted) 

Moduli and Viscosities Values 𝑘  12.21 MPa 𝑘  14.04 MPa 𝑘  4.91 MPa 𝜂  11 × 10  Pa⋅s 𝜂  11 × 10  Pa⋅s 
 

Furthermore, the bulk strain could be calculated as the 
following equation in LC space for 2D case: 𝜀 (𝑝) = ∗( )                            (8) 

where 𝜎  and 𝜀 (𝑝) represent stress and strain under the specific 
loading, respectively. 

However, the inverse Laplace–Carson transform needs to be 
implemented on Eq. (8) to obtain the equivalent strain in the real 
space. Due to the complexity of the inverse transform by 
analytical method, one approximate approach called direct 
inversion method proposed by Schapery et al. [23] was adopted 
to get the estimated solution. According to this theory [23], the 
direct inversion method has a great adaptivity when logarithmic 
time doesn’t change quickly as in our case. And the inversion 
takes the form as below: 𝜓(𝑡) ≃ [𝑝𝜓∗(𝑝)] .                       (9) 
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Schematic Representation of Micropillar Geometry 
As shown Fig. 2, the whole simulation flow field in this 

study is a 5 × 5 unit length, 2D domain meshed with 512 × 512 
descretized points, which is proven to be sufficient to get the 
appropriate and converged results by altering the number of 
discretized points of mesh. And the height of the micropillars is 100 × 10   unit length and the diameter of droplet is 1  unit 
length. Due to the axisymmetry of the liquid droplet flow field, 
it is adequate to model only half of the droplet to image the 
impacting scenario. 

 
FIG. 2: Schematic of droplet impacting upon a micropillar-arrayed 

viscoelastic substrate. (Not in scale) 
 

RESULTS AND DISCUSSION 
To study the effect of droplet impact velocity 𝑈  on splash 

extent on a micropillared substrate, we conducted simulation of 
droplet impacting upon micropillared substrates with various gap 
densities given in Table 1. In most cases, the spreading 
phenomenon occurs along with potential splashing during the 
whole impacting process. Furthermore, a certain combination of 
droplet and gas, was taken under a variety of impact velocities 
and gap densities for parametric investigation.  
Impacting Results with Changing Impact Velocity 

Obviously, gap density plays an important role in 
determining the elastic response of micropillared substrate in LC 
space, which is equivalent to its viscoelastic properties in real 
space. First, the splashing situations under different gap densities 
for each impact velocity (reflected by 𝑊𝑒  for chosen gas and 
liquid combination) against duration time 𝑡 are shown in Fig. 3. 
Regarding the simulation cases, the impact velocities are chosen 
as 1𝑚 𝑠⁄  , 2𝑚 𝑠⁄  , 3𝑚 𝑠⁄  , and 4𝑚 𝑠⁄   for all gap densities, 
corresponding to 𝑊𝑒  number of 50, 200, 450, and 800, 
respectively. 

For understanding the effects of impact velocity on substrate 
deformation velocity, the averaged dimensionless deformation 
velocity 𝑑 ′ |𝑈 |⁄   of the micropillared substrate against time 𝑡 
under distinctive gap densities 𝜖 for each impact velocity 𝑈  are 
displayed in Fig. 3. Also, it is worth noting that the negative sign 
in all figures just indicates the falling down direction. As can be 
seen from Fig. 3, both the magnitudes of the maximum 

indentation velocity and the maximum lift-up velocity increase 
with increasing impact velocity. In specific, for 𝜖 = 0.15  and 𝑈 = 3𝑚 𝑠⁄  , these two factors reach 1.500 × 10   and 2.982 × 10  , respectively, at 𝑡 = 0.867𝑠  and 0.902𝑠 . By 
contrast, they raise to 2.794 × 10   and 4.841 × 10 , 
respectively, at 𝑡 = 0.738𝑠  and 0.765𝑠  for 𝜖 = 0.15  and 𝑈 =4𝑚 𝑠⁄ . Meanwhile, the duration period of region of II (go-down) 
and III (lift-up), is shortened dramatically with increasing impact 
velocity for each gap density. This observation indicates that the 
kinematic energy transferred from droplet into micropillars 
during the impacting period is converted back to the droplet in a 
much shorter time span through the lift-up process, which would 
facilitate splashing occurrence with enhanced intensity. 

 
FIG. 3: Dimensionless deformation velocity d’/|Ui| of micropillared 
substrate against time t with increasing impact velocity Ui for individual 
gap density 𝜖: (a) Ui = 1 m/s, (b) Ui = 2 m/s, (c) Ui = 3 m/s, and (d) Ui 
= 4 m/s. 

In Fig. 4, the averaged dimensionless indentation depth 𝑑 ℎ∗⁄  of the micropillared substrate against time 𝑡 under various 
gap densities 𝜖  for a variety of impact velocity 𝑈   are 
showcased. Here, ℎ∗  is the height of micropillars, which is 100 × 10   unit length in all the conducted simulations. As 
observed from Fig. 4, all subfigures can be devided to two 
distinct stages, i.e., stage I and stage II, which represent the go-
down and the lift-up processes, respectively, of the micropillar 
array after initial impact. In addition, the maximum indentation 
depth increases with increasing impact velocity for each gap 
density. For instance, for 𝜖 = 0.15  and 𝑈 = 2𝑚 𝑠⁄  , this value 
gets to 2.565 × 10   as 𝑡 = 1.193𝑠 . By contrast, it rises to 6.743 × 10   as 𝑡 = 0.88𝑠  for 𝜖 = 0.15  and 𝑈 = 3𝑚 𝑠⁄  . 
Also, the duration time for the lift-up stage II reduces when 𝑈  
increases for each 𝜖. This fact could be explained by the much 
larger displacement variation within a relatively shorter period 
for the whole lift-up process under higher impact velocity, which 
would undoubtedly result in some satellite droplets ejected away 
from the main droplet to intensify splash. 
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FIG. 4: Dimensionless deformation displacement d’/h* of 
micropillared substrate against time t with increasing impact velocity Ui 
for gap density 𝜖 : (a) Ui = 1 m/s, (b)Ui = 2 m/s, (c) Ui = 3 m/s, and (d) 
Ui = 4 m/s, h* is the height of micropillars 

 
 

FIG. 5: Contours of volume fraction f during the impacting process with 
impact velocity Ui increasing from 1m/s to 4m/s when 𝜖 = 0.15, Pa = 
1atm, 𝜎 = 1/50: (a) 1 m/s, (b) 2 m/s, (c) 3 m/s, and (d) 4 m/s. 
 

Contours of Splashing Process and Comparison 
To have a direct comparison, the contours of each whole 

splashing process for the cases of 𝜖 = 0.15 , 𝑃 = 1 𝑎𝑡𝑚  and 𝜎 = 1 50⁄   with 𝑈 = 1𝑚 𝑠⁄  , 2𝑚 𝑠⁄  , 3𝑚 𝑠⁄  , and 4𝑚 𝑠⁄  , 
respectively, are shown in Fig. 5. And we found that the 

splashing magnitude enhances, and more satellite droplets have 
been generated with increasing impact velocity which also 
means 𝑊𝑒 number is increased. 

It can be seen in Fig. 5 that 𝑈  plays a much more important 
role in determining the splash magnitude and a more intensified 
splash is more easily produced with more satellite droplets 
accompanying for a higher 𝑈   , which is consistent with our 
analysis of the dimensionless velocity 𝑑 ′ |𝑈 |⁄  and the 
dimensionless deformation 𝑑 ℎ∗⁄   of micropillared substrate, as 
shown in Fig. 3 and Fig. 4, respectively. 
 
CONCLUSION 

Through multiple simulations with a variety of impact 
velocity 𝑈 , the mechanism of how 𝑈  affects the splash extent 
on micropillared substrate is revealed. For instance, with impact 
velocity 𝑈  increasing, both the values of maximum indentation 
and maximum lift-up velocity under specific gap density 𝜖 
increase, and the duration periods of go-down and lift-up of 
micropillared substrate are shortened dramatically. Moreover, 
for the higher impact velocity, there exists a much larger 
maximum indentation depth, and the micropillar array can 
bounce back to its initial position in a shorter time. 

Furthermore, the intensified splashing trend with increasing 𝑈   could also be validated by the experiment and simulation 
work conducted by Liu et al. [24] regarding droplet impacting on 
a rigid solid surface. They found through experiments that with 𝑊𝑒  number (i.e., affected by impact velocity) increased from 
695 to 1870, the corona splash begins to appear and there exists 
a clear splash angle after the droplet impact on a solid surface. 
These results obtained through varying 𝑈   shed light on the 
influence of the viscoelasticity of micropillar-arrayed substrate 
on impact dynamics and reveal the mechanisms of the droplet 
spreading and splashing processes because of fluid-
viscoelasticity coupling. 
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ABSTRACT 
As the importance of cooling devices is increasing, 

pulsating heat pipe (PHP) has received large attention due to its 
simple geometry in which flows can be generated using capillary 
pressure even without a wick structure due to its small channel 
diameter. Water can provide high thermal performance due to its 
high specific heat and latent heat as a working fluid in PHPs. 
PHPs using water are commonly made of silicon and copper, but 
aluminium (Al) has the advantages of being more economical 
than silicon wafers and longer sustainability than copper. In 
addition, it is possible to reduce the weight and improve 
durability with Al. Although Al has many advantages as a 
material for PHPs, Al has not been employed for PHPs with 
water as a working fluid because non-condensable hydrogen gas 
is generated by the reaction of Al and water at high temperature. 
The non-condensable hydrogen gas leads to the stoppage of 
flows inside the PHPs resulting in the worst thermal performance. 
In this study, the surfaces of the channels inside water-Al PHP 
were modified by a micro-nano corrosion method to solve the 
problems caused by the non-condensable gas and to improve the 
heat transfer performance and durability. From contact angle 
measurement, scanning electron microscope imaging, and 
energy dispersive X-ray spectroscopy, it is confirmed that the 
surface was successfully modified to the wettability of super-
hydrophilic due to the formation of micro-nano structures on Al 
surfaces. The effect of wettability modification on thermal 
performances was investigated by measuring temperatures in 
evaporator and condenser regions with approximately 55 % 
filling ratio of water. The flows inside PHPs were also visualized 
to compare flow motions before and after the surface 
modification. Compared to the original PHP, the thermal 
resistance in the surface-modified PHP is lower due to more 
water evaporation. The durability was evaluated by the reduction 
of the thermal performances before and after PHP operations. In 
original surface PHP, the thermal resistance was increased and 
dry-out occurred under lower heat conditions as PHP operated. 
In contrast, in the modified surface PHP (MS PHP), both thermal 
resistance and dry-out heat condition were kept even after 
repeated operations. Therefore, the proposed method improved 
not only the performance but also the durability of water-Al 
PHPs. 

NOMENCLATURE 

D [mm] Allowable diameter of PHP
Dcrit [mm] Critical diameter of PHP 
g [m/s2] Gravitational acceleration 
I [A] Electric current 
Q [W] Input power
R [℃/W] Thermal resistance 
T [℃] Temperature 
V [V] Electric voltage

Special characters 
ρ [kg/m3] Density of the working fluid 
σ [N/m] Surface tension 

Subscripts 
e Evaporator section 
c Condenser section 
ad Adiabatic section  
avg Average 

INTRODUCTION 
Management of sustainable energy is important as its 

production. For efficient management, cooling units must be 
environmentally friendly and consume little energy. Recently, as 
the miniaturization and integration technologies for electronic 
devices have rapidly advanced, various cooling devices have 
been studied. Among them, a cooling technology using a heat 
pipe that disperses heat through a phase change with a high heat 
transfer rate has been largely studied. 

A heat pipe is a compact and simple device that can transfer 
heat from one point to another. It has excellent heat transfer 
performance, no noise, and high heat transfer efficiency. Among 
the heat pipes, a pulsating heat pipe (PHP) firstly developed by 
Akachi et al. [1] is manufactured and operated with a wickless 
structure that can compensate for the disadvantages of the 
conventional heat pipe. It uses the capillary pressure in its small 
channel to create a two-phase flow for an effective heat transfer. 
It is widely used not only for cooling electronics but also for fuel 
cell and spacecraft thermal management [2]. 

As a working fluid in PHPs, water can provide high thermal 
performances due to its high specific heat In addition, it is able 
to maintain temperatures and provide excellent stability due to 
its high latent heat. PHPs using water are commonly made of 
silicon wafer [3-5] or copper [6, 7]. Silicon wafer and copper 
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have disadvantages in high cost and weak durability, 
respectively. Aluminium (Al) is lighter and stronger than copper 
and has higher thermal conductivity than silicon wafers. In 
addition, Al is available at a lower price. Therefore, PHP made 
of Al can compensate for the shortcomings of the silicon wafer 
and copper. However, when water is used as a working fluid in 
Al PHP, the following chemical reaction expressed as Eq. (1) 
occurs at a high temperature [8]: 

2Al + 6𝐻 𝑂 = 2𝐴𝑙(𝑂𝐻) + 3𝐻 ↑   (1). 

As can be seen from Eq. (1), Al has not been employed as a 
material for PHPs with water because non-condensable 
hydrogen gas is generated by the reaction of Al and water. This 
non-condensable hydrogen gas leads to the stoppage of flows 
inside PHPs resulting in worse thermal performance.  

The purpose of this study is to prevent the degradation of 
thermal performance in water-Al PHPs. For this, the surface 
wettability of Al PHP was modified by the micro-nano corrosion 
method where aluminium hydroxide in the product of Eq. (1) 
was generated in advance. Therefore, even when Al and water 
meet at high temperatures, it is intended to improve durability 
without causing a chemical reaction. 
 

EXPERIMENTAL SETUP 
Figure 1(a) shows a schematic diagram of the experimental 

setup for measuring thermal performances and visualizing flows 
inside PHPs. The evaporator section was heated using two 
cartridge heaters, and the input power (Q) was controlled by a 
DC power supply (Toyotech, Japan) W from 50 W to 80 W in 
increments of 5 W. The condenser section was cooled by 
attaching a Peltier with a water block, and cooling water was 
supplied into the water block using a water pump. The applied 
voltage was fixed at 6 V for the Peltier, and the flow rate of the 
water pump was fixed at 240 ml/min. 

Two K-type thermocouples (TC, accuracy: ±1 °C ±0.5%) 
were attached to the back plate in each section to measure the 
temperature according to Q for evaluating thermal performances. 
The measured temperature data was collected with a PC through 
a data-acquisition system (DAQ, NI-cDaQ-9171) for 20 minutes 
after the steady-state was reached. When attaching the Peltier to 
the condenser section, high-temperature thermal grease was used 
to reduce thermal resistance. 

The thermal resistance can be calculated by dividing the 
average temperature difference between the evaporator section 
and the condenser section by the input power of the heater. 

𝑅 =  
, ,                                   (2) 

where Te,avg and Tc,avg represent the average temperatures of the 
condenser section and the evaporator section, respectively. Q, 
Te,avg, and Tc,avg are respectively calculated by the following 
equations : 

𝑄 = 𝑉 × 𝐼                                   (3) 

𝑇 , =  
 

                                   (4) 

𝑇 , =  
 

                                   (5) 

where V and I are Voltage and Current applied through the DC 
power supply, respectively. 

The fluid injection was performed after removing non-
condensable gas using a vacuum pump at an internal pressure of 
10 kPa or less for 30 minutes. DI-water was injected to set the 
filling ratio (FR) to approximately 55%. FR is calculated by the 
following equation : 

𝐹𝑅 =                                     (6) 

where VPHP and VI represent the calculated PHP and the volume 
of the injected liquid, respectively. In order to compare the 
durability of PHPs, the original and modified PHPs were tested 
for 1 week. When the temperature graph reached a steady-state 
at each Q, flow images were taken at 250 frames per second (fps) 
from the front side of PHP to analyse the flow pattern using a 
high-speed camera (Fastcam Mini UX50, Photron, USA). 

 

 
 

 

Figure 1 (a) Schematic diagram of the experimental setup 
and (b) design & physical dimensions of PHP 

 
Design of PHP 

Figure 1(b) shows the design of employed PHP in this study. 
The base plate of PHP was manufactured by CNC milling 
aluminium (Al 6061), and transparent polycarbonate (PC) was 
attached to the plate for flow visualization. The overall size is 
50mm in width and 106 mm in length. The width of the internal 
channel is 1.6 mm, and the depth is 0.8 mm. The width of the 
channel was selected by considering the critical diameter (Dcrit) 
where the surface tension force is dominant. 
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𝐷 ≤  𝐷  ≈ 2 𝜎/𝑔 𝜌 − 𝜌
.

  (7) 

where D is the internal diameter of PHP, 𝜎 is the surface tension 
of a working fluid, g is the gravitational acceleration, and 
𝜌  and 𝜌  are the densities of the working fluid in liquid and 
vapor states, respectively. The condition in Eq. (7) is an essential 
prerequisite for PHP operation because this condition assists in 
the formation of stable liquid slugs. 
 

Surface modification 
Figure  shows the process of surface modification of PHP 

channels. In this study, the micro-nano corrosion method was 
employed for the modification. The PHP was immersed in a 1M 
sodium hydroxide (NaOH, bead, 98.0%, Samchun Chemical, 
Seoul, Republic of Korea) solution for 1 minute to generate 
microstructures. Then, the residual solution was removed using 
deionized water (DI water), and etching was performed in a 2M 
hydrochloric acid (HCl, 35.0-37%, Samchun Chemical, Seoul, 
Republic of Korea) solution for 5 minutes. Then, after washing 
in DI water, it was subjected to an alkali treatment in NaOH 
solution for 5 seconds. After forming the micro-nano structure in 
this way, it was immersed in DI water at 90°C for 30 minutes or 
more. Finally, it was dried in an oven heated to 175°C. Through 
this process, Al(OH)3  was formed on PHP channels in advance, 
and the wettability of PHP was changed as superhydrophilicity. 
The modification process is described in more detail in our 
previous study [9, 10]. In order to modify flow channels, the 
method was applied to the base plate of machined PHP after 
attaching Kapton tape to other surfaces except for flow channels. 

 

 
Figure 2 Process of the surface wettability modification 

 

EXPERIMENTAL RESULTS AND DISCUSSION 
 

Surface modification of PHP channels 
Figure 3 shows scanning electron microscope (SEM) images 

and energy dispersive X-ray spectroscopy (EDS) results of the 
original surface (OS) and modified surface (MS). Any structures 
and crystals are not observed on the Al surface. In contrast, both 
the micro-nano structure and the aluminium hydroxide crystal 
were uniformly formed on MS. The employed surface 
modification method can prevent the chemical reaction in Eq. (1) 
by promoting the Al(OH)3  formation in advance. Therefore, 
distributions of Al and oxygen (O) are analysed from EDS in Fig. 
3. Different from OS where O is hardly detected, a uniform O 
distribution on the entire MS is observed. This uniform 
formation of Al(OH)3 means that it is difficult to occur the 
chemical reaction in Eq. (1) even when PHP with water operates 
at a high temperature, and it is expected to prevent PHP stoppage 
caused by hydrogen gas generation. 

 

 
Figure 3 Comparison of SEM image and EDS before and after 

surface modification. 
 
As micro-nano structures form on the surface as shown in Fig. 

3, the surface wettability is also changed. The static contact 
angles on OS and MS were measured using a drop shape analysis 
device (Phoenix 300 Touch, SEO) and compared in Fig. 4(a). 
The contact angles were measured after the same surface 
treatment on the flat plate because channels of PHP are too small 
to measure contact angles with a goniometer. OS had an 
averaged contact angle of 94.64 °, which is consistent with 
typical Al wettability. The average contact angle on MS was 
lower than 10 °. This super-hydrophilic wettability is caused by 
micro-nano structures which induce the Wenzel state. 

In order to investigate the change of surfaces due to oxidation 
during PHP operations, images of droplets falling on OS and MS 
PHPs were captured. DI-water mixed with 0.01wt% of 
rhodamine B was used to clearly distinguish water. After 
operations, the change of the surface wettability from the droplet 
meniscus is clearly observed in OS. In addition, the machining 
patterns on channels disappeared similar with MS. These 
changes represent that chemical reactions in Eq. (1) occurred 
during PHP operations. Images of MS PHP in Fig. 4(b) show the 
same wettability characteristics with that from contact angle 
measurement in Fig. 4(a) where water rapidly spreads after 
falling on the channel surface. Even after PHP operations, no 
significant change in the surface image and wettability 
characteristics are observed in MS PHP. From SEM, EDS and 
droplet behaviors, it was confirmed that the surface of PHP was 
successfully modified to be super-hydrophilic and pre-formed 
Al(OH)3 effectively prevented the chemical reaction of Al and 
water. 
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Figure 4 Comparison of (a) static contact angle and (b) droplet 

behaviours on PHP channels. 
 

Thermal performance  
Te,avg and Tc,avg of OS and MS PHPs with various operating 

times are compared in Fig. 5. To prevent damage of PHPs, all 
measurements were stopped when the dry-out in evaporation 
sections occurred. Te,avg in MS PHP is lower than that in OS PHP 
regardless of Q and operating time. Q for the dry-out 
phenomenon in OS PHP becomes lower as the operating time 
increased. In contrast, experiments in MS PHP can be carried out 
by applying Q up to 80 W even at the operating time of 7 day 
because the super-hydrophilic surface can continuously supply 
liquid water to the evaporation 

At an initial operating time represented as 0 day, in OS PHP, 
bubbles are generated throughout channels at 60 W, and the 
pulsation of slug flows having a number of liquid slugs and vapor 
plugs are started at 70 W. With more increase of Q, the 
oscillations become stronger and the evaporation region reaches 
to the dry-out state at 80W after annular flows. At this time, since 
there is no fluid to evaporate anymore, Te,avg rapidly rises to 
about 133 °C.  

In MS PHP on day 0, similar flows with those in OS PHP are 
observed at lower Q as shown in Fig. 5(a). Bubble generations, 
the onset of slug flow pulsations and annular flows are observed 
at 50, 60, and 65 W, respectively. When the flow pattern is 
converted from slug flow to annular flow, Te,avg is suddenly 
dropped. Unlike OS PHP, stable annular flow is maintained 
without dry-out phenomena up to Q of 80 W. 

At the operating time of day 1, compared to an initial time, 
slug flows start at a lower Q of 60 W and the operating range of 
Q is broadened because the surface wettability is changed to 
hydrophilic due to the formation of the thin oxide film. In MS 

PHP, except for the delayed onset of pulsations at 65 W, no 
significant change is observed compared to the initial operation 
at the operating time of day 3 and 5. 

As operating time increases, the amount of non-condensable 
hydrogen gas produced by the chemical reaction in Eq. (1) 
increases in OS PHP. A large amount of hydrogen gas is 
compressed in evaporation regions, obstructing internal flows. 
Therefore, as shown in Fig. 6(a), the evaporation regions become 
dry and stagnant bubbles are observed in the adiabatic and 
condensation regions. The stagnant liquid undergoes a phase 
change, which causes a sudden reduction in the maximum Q to 
60 W at day 5. The thermal performance on day 7 is similar to 
that on day 5 because arrangements of liquid and vapor inside 
OS channels are maintained. 

In MS PHP, a small amount of hydrogen gas can be also 
generated at locations where un-reacted Al remains during 
surface modifications. Therefore, as shown in Fig. 5(d), the 
internal flow becomes weak and the temperature of the 
evaporation region rises due to dry-out. In contrast to OS PHP 
where dry-out regions are kept, a dry-out phenomenon occurs for 
a while, and the dried surface becomes wet again and internal 
flows are regenerated as shown in Fig. 6. This leads to a constant 
critical heat flux (CHF) over operating time. 

 

 
Figure 5 Temperature variations under various Q at different 

operating time. 
 

 
Figure 6 Comparison of internal flows in (a) OS at Q of 55 – 
60 W and (b) MS PHPs at Q of 75 W when dry-out occurs at 

day 5. 
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Rth of OS and MS PHPs is compared in Fig. 7. In both cases, 
Rth tends to decrease as Q increases overall. OS PHP has the 
minimum Rth 0.96 °C/W at day 0 under Q of 75 W. The 
minimum Rth is 0.52 °C/W at day 1 under Q of 80 W, which was 
45.8% lower than the lowest Rth in OS PHP. As the operation 
continues, the Rth of OS PHP continuously rises, whereas there 
is no rapid increase in Rth of MS PHP. 

 

 
Figure 7 Comparisons of thermal resistance for OS and MS 

PHP. 
 

CONCLUSION  
In this study, the effectiveness of the surface modification by 

forming corrosive micro-nano structures is investigated for Al 
PHP with water as a working fluid. SEM, EDS and droplet 
behaviors show that the surface wettability was changed to 
super-hydrophilic due to micro-nano structures inducing Wenzel 
state and pre-formed Al(OH)3 effectively prevented the 
generation of non-condensable hydrogen gas during the 
chemical reaction of Al and water. Thermal performance and 
durability were compared by measuring temperatures and 
visualizing internal flows for a week. MS PHP had a better 
performance than OS PHP. In addition to the thermal 
performance, the employed surface modification method 
improves the durability. CHF in OS PHP is reduced with 
operating time due to the compressed hydrogen gas disturbing 
internal flows. On the other hand, CHF in MS PHP remains 
almost constant because super-hydrophilic surface can pull 
liquid to the dried region when a dry-out phenomenon occurs for 
a while. 
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ABSTRACT
In the food processing industry, blanching is the process of

subjecting food substances to a hot fluid during a short interval
for peeling, surface cleaning, among other applications. The ad-
equate temperature of the fluid used for blanching depends on
the substrate being treated. Industrial heat exchangers used to
control the temperature of the fluids are normally designed con-
sidering steady-state analysis under nominal conditions and ne-
glecting the effects of perturbations that may generate large vari-
ations in the target temperature. This represents a major prob-
lem, since small deviations from the range of target temperature
for a given food substrate may severely deteriorate the product
quality. This paper presents the design and simulation of a lin-
ear control scheme for a platular heat exchanger for blanching
processes. The proposed scheme is based on a Linear Quadratic
Gaussian Control (LQG) that considers a dynamic model of the
heat exchanger and controls the system through the mass flow
rate of cold and hot fluid. The LQG scheme results from the
conjunction between the Linear Quadratic Regulator (LQR) and
the Linear Quadratic Estimator (LQE), and enables adequate re-
sponse of the system to disturbances.

INTRODUCTION
In the food processing industry, blanching is a common treat-

ment that consists on exposing food substrates to a hot fluid dur-
ing a short time interval. Blanching is used for peeling, surface
cleaning, removing chemicals, decreasing microbial load, among
other applications. The target temperature of the hot fluid re-
quired for adequate blanching depends on the type of substrate,
size, shape, among other factors [1]. In practice, whatever the
substrate, the range of adequate temperature for blanching is very
narrow, and thus precise control of this variables is critical in the
industry, as both under- and over-blanching may severely deteri-
orate the quality of the resulting product and generate financial
and material losses.

In industrial blanching settings, heat exchangers are normally
used to raise the temperature of the fluid used in the process to a
certain setpoint. Typically, the analysis and design of industrial

heat exchangers are performed considering steady-state condi-
tions [2, 3]. While this approach is sufficient for adequate op-
eration in nominal conditions, the systems are unable to capture
the transient variations on the fluid’s temperature that may occur
during operation derived from perturbations such as to pressure
losses in the lines, fluctuations in the electrical supply, or other
reasons that affect the mass flow rate or boiler conditions. To ad-
dress these undesired effects, it is necessary to implement control
schemes that consider the dynamic response to perturbations to
be able to drive the system back to its setpoint in a timely manner.
Therefore, it is important to construct a physically-based model
for predicting the behavior of such processes.

Various works deal with advanced model-based control of
thermal processes, see for example [3–5]. These works propose
a feedback adaptive model that corresponds to the response of
the flow rate and can incorporate system operational constraints
in the design of the controller. One way of implementing such
control schemes is using an artificial neural network that must be
tuned and trained for the particular scenario. Alternatively, us-
ing explicit simplified physics-based model of the target process
to design the control scheme may result in lower computational
costs and provide better interpretability and explainability of the
results than neural networks.

This paper presents a case-study for the design and simulation
of a linear control scheme for a platular heat exchanger (PHE)
used for blanching in a livestock processing facility. First, a sim-
plified transient model of the PHE is numerically simulated and
analyzed. Then, the knowledge of the process behavior is used
to design an optimal control system through a linear quadratic
Gaussian (LQG) framework to maintain the fluid’s temperature
near an imposed set-point, and to estimate unmeasured state vari-
ables. Simulation results show that the proposed scheme is able
to manage the fluid mass flow rates to control the temperature
of the blanching fluid, responding to perturbations with efficient
use of the fluids and pump power.
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Figure 1. Schematic of the heat exchanger geometry and variables used in the model. The 3D view is shown on the left side while the
upper view of the pseudo-2D model is shown on the right side.

DYNAMIC MODEL AND CONTROL SCHEME
Specification of the control problem

Figure 1 shows a representation of the heat exchanger consid-
ered for this study. The geometry of the device has been sim-
plified for illustrative purposes but maintaining the main features
relevant for the analysis and control challenges. The device is
represented through a central plate that circulates hot fluid en-
tering with a temperature Tc,in and a separate U-shaped plate for
cold fluid surrounding the central plate. Under this configura-
tion, the cold fluid entering with temperature Tc,in from one end
of the U-shaped plate first flows in coflow configuration with the
hot fluid, then in counterflow configuration with the hot fluid.
Finally, the cold fluid leaves the device with temperature Tc,out .
The control objective is to keep Tc,out within a predefined range
adequate for the blanching process. For our particular case, we
assume that Tc,out must be in the range of 61ºC-64ºC. The hot
fluid enters the center plates with temperature Th,in and leaves
with temperature Th,out . We assume that the control variables are
the input mass flow rate of cold fluid (ṁc) and hot fluid (ṁh).
The structure of the heat exchanger has length L and height H.
The right part of Figure 1 shows the upper view of the device,
depicting temperatures at different sections (coflow and counter-
flow) of the exchanger that will be used for the analysis. The
temperature of the wall is represented by Tw.

Transient heat exchanger model
The 1D simplified conservation of energy equation for the

cold fluid, walls and hot fluid, considering convection heat trans-
fer perpendicular to the fluid’s flow direction between the hot and
cold fluid through the walls (constituting a pseudo-2D model),

and advection due to the fluid’s movement, can be written as

mccpc

∂Tc

∂t
= hcAc (Tw −Tc)− ṁccpc Lc

∂Tc

∂x
(1)

mwcpw

∂Tw

∂t
= hhAh (Th −Tw)−hcAc (Tw −Tc) (2)

mhcph

∂Th

∂t
= −hhAh (Th −Tw)− ṁhcphLh

∂Th

∂x
(3)

where m = ρHLδ is the mass, ρ the density, δ the thickness of
the fluid’s channel, cp the specific heat at constant pressure, t
the discrete time, h the convection heat transfer coefficient, AHX
the total heat exchanger transfer area (as there are four walls
faces, AHX = 4HL) , ṁ the mass flow rate, and x the position
along the heat exchanger coordinate (xHX ). The temperature of
the cold fluid is modeled by separating the coflow and counter-
flow sections, and taking the boundary condition of the entrance
for Tc,counterflow as the exit of Tc,coflow (see Figure 1). The two
walls are also modeled separately. The boundary conditions for
Eqs. (1) and (2) are the entrance temperatures of the cold fluid
(Tc,in) and hot fluid (Th,in). Two cases are considered for Tc,in:
(i) an imposed value (fixed or time-dependent), and (ii) a calcu-
lated value by coupling the heat exchanger with the blanching
process. For the first case, three heating curves (step, ramp and
exponential) are considered to quantify the time to steady-state:

Tc,in(t) = Tset (4)
Tc,in(t) = T∞ +(Tset −T∞)(αt +β) (5)
Tc,in(t) = T∞ +(Tset −T∞)(1− exp(−αt +β)) (6)

where Tset is the setpoint temperature of the cold fluid entrance,
T∞ is the ambient temperature, and α and β are constants that
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control the characteristic time of heating.
To simulate the blanching process, two additional equations

are added to the system: one for the boundary condition of the
cold fluid inlet, and another one for the temperature of the sub-
strate to be blanched. The output of the cold fluid outlet with
temperature Tc,out is used to shower the substrate, which is at
temperature Ts. The fluid ( f ) exchanges heat through convection
with the substrate (s) as:

m f cp f

∂Tf

∂t
=−h f sAs (Tf −Ts)− ṁccpc Lc

∂Tc

∂x
(7)

mscps

∂Ts

∂t
= h f sAs (Tf −Ts)−h∞As (Ts −T∞) (8)

where h f s and h∞ are the heat transfer coefficients between the
fluid and substrate, and the substrate and ambient air, depending
on the relative velocity between the substrate and air. The Nus-
selt correlation Churchill and Bernstein [6] is used for h∞. The
substrate enters the blanching chamber, where it is exposed to a
water shower during an imposed period of time. The water used
to heat the substrate is collected in a tub and then re-injected at
the entrance of the cold fluid.

Control system
A control system is designed using linear control theory, for

which a brief explanation is provided (for a detailed procedure,
see [7, 8]).

The full non-linear system of partial differential equations is
discretized with the finite difference method into 5N + 2 nodes:
for each wall (2N), hot fluid (N) and cold fluid going in both di-
rections (2N), completing 5N equations. The two extra equations
for the fluid and the substrate are added to the system, resulting
in a system of 5N+2 ordinary differential equations (ODEs) that
can be written as:

ẋxx =
dxxx
dt

= f (xxx,uuu) (9)

where xxx = [T0, ...,T5N+1]
⊺ (⊺ denotes the transpose) is the sys-

tem state and f (xxx, t) is the right-hand-side of equations (1)-(3)
and (7)-(8) divided by mcp. After linearization around a set-
point xxxeq and choosing the actuators uuueq = [ṁc,eq, ṁh,eq]

⊺, such
as f (xxxeq,uuueq) = 0, the linearized system can be written as:

ẋxx = AAAxxx+BBBuuu (10)
yyy = CCCxxx (11)

We have assumed that we have access to the full-state of the
system, so CCC is the identity matrix and the measurements yyy are
equal to the full-state xxx. The Jacobian matrices AAA = [∂ fi/∂x j] and
BBB = [∂ fi/∂u j] arise from the linearization of the dynamical sys-
tem. Mathematical operations can be performed with matrices

AAA, BBB and CCC to determine whether the system is controllable and
observable. The goal is to control Tc,out , which has to be in the
range of 61ºC-64ºC for the target blanching process. By varying
the controllers u1 and u2 we can drive the system towards this
equilibrium point, as it will be shown in the Results and Discus-
sion section.

Linear quadratic regulator To develop an optimal full-state
control-law, we propose a linear actuation uuu = −KKKxxx∗, which is
proportional to the deviation from equilibrium (xxx∗ === xxx −−− xxxeq)
through the matrix KKK. By replacing uuu on Eq. 10, the linearized
system becomes ẋxx = (AAA−−−BBBKKK)xxx∗. The purpose is to modify the
dynamics of the system through manipulation of the eigenval-
ues of the system, in a way that they become stable (negative
real part) for the linearization around the equilibrium. There
are many control-laws given by KKK. The optimal control-law is
given by the linear quadratic regulator (LQR), which is designed
choosing a matrix KKK = KKKLQR capable of stabilizing the system
with a low control effort. For this, a quadratic cost function J(t)
is designed as:

J(t) =
∫ t

0
xxx(τ)⊺QQQxxx(τ)+uuu(τ)⊺RRRuuu(τ)dτ. (12)

where individual costs of being far from equilibrium (through
matrix QQQ) and for the actuation of the controllers (through ma-
trix RRR) are imposed. The LQR control-law is designed to min-
imize J = limt→∞ J(t), which can be done by solving a Riccati
equation.

Linear quadratic estimator The above development was per-
formed assuming access to the full-state of the system, i.e., CCC === III
where III is the identity matrix. In practice, we will only have ac-
cess to a limited subset of the full-state, such as the inlet tem-
perature for the cold fluid. A full-state estimator is a dynamical
system that takes in the sensor measurements yyy, the control input
uuu and the modelled dynamics to produce a state estimate ˆ̇xxx of the
full system ẋxx. The estimator can be constructed as the dynamical
system:

ˆ̇xxx = AAAx̂xx+BBBuuu+KKK fff (yyy− ŷyy) (13)
ŷyy = CCCx̂xx (14)

where the hat denotes the estimate, KKK fff is the filter’s gain and now
CCC is a row vector with zeros everywhere except on the indices
corresponding to the measured state variables. By manipulating
these equations, the dynamical system for the state estimate can
be constructed as:

ˆ̇xxx = ÃAAx̂xx+[BBB KKK fff ][uuu y]⊺ (15)

where ÃAA = AAA−KKK fff CCC. The goal is to design the KKK fff that drives
the linear system back to the setpoint quickly, while taking into
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account how much the model is trusted (which can present dis-
turbances and/or simplified dynamics), and how much the mea-
surements are trusted (which may present measurement’s noise).
The Kalman filter is the optimal gain KKK fff that minimizes a cost
function J f that balances the effects of aggresive control with
measurement’s noise:

J f = lim
t→∞

E((xxx(t)− x̂xx(t))⊺ (xxx(t)− x̂xx(t))) (16)

where E is the expected value. The system presents disturbances
ddd and has noise nnn, which are assumed to be white-noise Gaussian
processes with covariances matrices VVV ddd and VVV nnn, respectively.
Although they are do not appear explicitly in the model formu-
lation, these matrices are implicitly used to minimize the cost
function J f . Similar to the LQR, the weights representing how
much we trust the model and the measurements are introduced
in these covariances matrices. The results of this process is the
optimal estimation, or linear quadratic estimation (LQE), and the
resulting matrix gain KKK f is the Kalman filter.

Figure 2. Schematic of the full model for sensor-based LQG
feedback control.

Linear quadratic Gaussian The combination of the LQR and
the LQE constitutes the optimal sensor-based feedback control-
law, or linear quadratic Gaussian (LQG). This control-law is de-
signed by minimizing the cost function J while taking into ac-
count the disturbances to the system and noise of the measure-
ments. In this framework, it is possible to demonstrate [7] that
the matrices KKKLQR and KKK fff (each optimal for their cost functions)
can be established separately and then combine them to form
the LQG, which is the strategy followed in this study. Then,
this control-law, designed using the linearized system, is ap-
plied to the full non-linear system to study the transient processes
from perturbed states to equilibrium. A schematic of the whole
control-law is shown in Figure 2.

Numerical details
The system of 5N + 2 non-linear ODEs is simultaneously

solved using a finite-difference explicit numerical scheme. The
spatial derivatives are discretized with an upwind scheme. N =
50 nodes are used for the spatial discretization, which was found

to be sufficient to ensure stability and a mesh-independent so-
lution. A Runge-Kutta explicit solver of fourth order (routine
integrate.RK45 from the scipy Python library) was used to solve
the system, imposing a relative tolerance of 10−4. The routines
from the control Python library were used for designing the con-
trol system, consisting of an ensemble of matrices and matrix
operations. The numerical parameters used in the model were
selected based on the characteristics of the real heat exchanger
and blanching process, and they are summarized on Table 1. The
mass and geometric characteristics associated with the cold and
hot fluid are considered to be equal, and thus the subscripts are
dropped for simplicity in these cases.

RESULTS AND DISCUSSION
This section presents the results for the simulation of dynami-

cal system for nominal conditions (without considering the con-
trol system), starting from ambient conditions in order to study
the transient behavior from cold start, and also for the control
system which has the purpose of studying deviations from the
equilibrium.

Transient process behavior
Two scenarios are considered. First, an imposed heating curve

for the entrance of the cold fluid, with the characteristic heating
curve given by Eqs. 4-6. This considers the resolution of 5N
equations, without coupling the HX with the blanching process.
Second, the fully-coupled system of 5N +2 equations is solved.

Decoupled model Figure 3 shows the time evolution of the
inlet and outlet temperatures for the cold and hot fluid (first and
second columns), and the transient effectiveness (third column)
of each fluid defined as:

εh =
ṁhcph

(mcp)min

Th,in −Th,out

Th,in −Tc,in
, εc =

ṁccpc

(mcp)min

Tc,out −Tc,in

Th,in −Tc,in
.

(17)
The first row of plots represents the nominal operation condi-

tion, the second row represents a situation where water vapor at
170ºC is used (current operational fluid of the blanching plant),
and the third row is the nominal operation condition but con-
sidering fouling, which reduces the heat transfer coefficient by
20%. The transients are driven mainly by the shape of the heat-
ing curve, and there is a small delay between the inlet and outlet
temperatures, given by the time that the cold fluid traverses the
heat exchanger. These delays are slightly higher for abrupt heat-
ing as compared to smooth exponential heating. The transient ef-
fectiveness of the heat exchanger for the hot and cold fluid merge
as the system reaches steady-state, presenting values near 0.21,
0.17 and 0.19 for the three scenarios considered (from top to bot-
tom), suggesting that the operating conditions are not optimal, at
least for the system representation with the simplified model.

Fully-coupled model For the fully-coupled model, the pa-
rameters related to the blanching process of the substrate and
fluid in contact with the substrate are uncertain; the only knowl-
edge that we have is the approximate temperature of equilibrium
for the substrate, which is in the range 57ºC-60ºC. Thus, we
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Table 1. Summary of the parameters used for the model

ρ AHX L H δ cp h ṁc ṁh Tset T∞ α β h f s h∞ As

1000 5.6 11.2 AHX/L 5×10−2 4186 3426 50000 17186 60 20 0.01 0 3500 100 9

kg/m3 m2 m m m J/kg/K W/m2/K kg/h kg/h ºC ºC - - W/m2/K W/m2/K m2

Figure 3. Inlet and outlet temperatures for cold (first column)
and hot (second column) fluids, and transient effectiveness (third
column) for the HX. Circles are the hot fluid and crosses the cold
fluid. The rows, from top to bottom, represent the nominal condi-
tion, water vapor as hot fluid, and fouled heat transfer coefficient.

search for a combination of parameters that provided this equi-
librium. Figure 4 shows the results for the fully-coupled model,
in terms of temporal evolution of temperatures for the cold fluid
and substrate (left), steady-state spatial distribution of fluids and
walls temperatures (center), and transient effectiveness (right).
Similar results as for the uncoupled nominal case with the im-
posed exponential heating are found. However, now we have
access to the substrate temperature, crucial for the process.

Figure 4. Inlet and outlet temperatures for cold fluid and sub-
strate (first column), steady-state spatial distribution of the sys-
tem’s state, and transient effectiveness (third column) for the cold
and hot fluids.

Control system response
The fully-coupled model simulated on the previous section

is used as base for the control system. The steady-state solu-
tion using the nominal fluid flows uuueq is defined as xxxeq, and from
now on, all values of xxx and uuu represent departure from equilib-
rium. Figure 5 presents the system response through the designed
control-law for two disturbances imposed to the system of dif-
ferent amplitudes, as shown on the first row. The actuation of
the fluid’s mass flows and effectiveness are shown on the second
row. The matrix coefficients corresponding to the cost of being
far from equilibrium (Q4N,4N) was set to 10, whereas the costs of
actuators were in a ratio of R0,0/R1,1 = ṁc/ṁh = 3/1. These pa-
rameters were found to be appropriate to control the outlet tem-
perature of the cold fluid and substrate within the desired range
while not inducing numerical instabilities on the non-linear sys-
tem through fast actuation changes. With these considerations,
the transient time to reach steady-state again are on the order of 2
and 6 minutes for the small and large disturbances, only reaching
temperatures below 57ºC for the large disturbance for less than
2.5 min. Figure 6 shows the sensitivity of the system to variations
on the control aggressiveness, which is quantified with the term
Q4N,4N . Five values are considered between 100 and 104. This
analysis is important for the operation of the blanching plant and
provides different scenarios on how to manage the fluid flows ac-
cording to the operation constraints. When the controllers are al-
lowed to react slowly (lower values of Q4N,4N) the system moves

Figure 5. Inlet and outlet T for cold fluid and substrate (first
row) with an imposed disturbance in Tc,in, and controllers’ actu-
ation together with effectiveness (second row).
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Figure 6. Sensitivity to variations of controller aggressiveness.

farther from equilibrium and the transients are longer. On the
other hand, when Q4N,4N is higher, the system goes back to equi-
librium more rapidly, but at the cost of higher actuation expense.

Figure 7 shows the modeled non-linear system temperatures
for the substrate and cold fluid outlet, along with the estimations
produced by applying the Kalman filter (KF, designed with the
linearized system) with a simulated single measurement. The
system is perturbed from equilibrium at the cold fluid inlet node,
with a sudden decrease of 2ºC at 1 min. In addition, random
perturbations and noise to the measured signal were added. The
KF-estimations follow the shape of the full solution of the sys-
tem. However, there are slight discrepancies in terms of mag-
nitude. It is important to note that the full simplified model is
coupled between the HX and the blanching process, providing
access to a simulated average substrate temperature. In reality,
this is the most important characteristic to measure/determine to
ensure that the blanching processes is performed correctly. By
simulating a single measurement, as the plant operators have ac-
cess, it is possible to estimate correctly the substrate temperature.
Using a model such as this, we can determine important process
characteristics that are not accessible by in-situ measurements.

Figure 7. Kalman filter estimation of substrate and cold fluid
temperature, and LQR control of the cold fluid outlet tempera-
ture.

CONCLUSIONS
A simplified numerical model representing a coflow-

counterflow platular heat exchanger was developed and compu-
tationally implemented, with the purpose of better understanding
the blanching process to be performed on a local factory. De-
tailed attention was paid to study the transient phenomena, which
is seldom considered on the analysis of heat exchangers. In addi-
tion, a linear quadratic Gaussian control-law was designed based
on linear control theory. The transient effectiveness at nominal
conditions of the process converges to approximately 20%. Tran-
sients to steady-state from perturbations ranged from 2-4 min-
utes for the conditions studied here, product of variations of the
controllers on about 3 to 8 kg/s from the setpoint, for moderate
and strict disturbance, respectively. A sensitivity analysis on the
aggresiveness of the controllers was performed, providing refer-
ence actuations for the process and indicating non-realistic sce-
narios. Finally, the capability of the Kalman filter to estimate
the temperature of the substrate was demonstrated, providing es-
timations within 2ºC of error, with a single measurement at the
cold fluid outlet, and considering system’s disturbances and sig-
nal noise.
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ABSTRACT 
Mass flow maldistribution is among the most important 

issues affecting the efficiency of compact heat exchangers. To 
ensure the optimal performance of heat exchangers, mass flow 
distribution should be controlled. In this study conjugate heat 
transfer in a two-phase six-stream plate-fin heat exchanger is 
simulated. Various maldistribution scenarios are examined to 
find out how the flow distribution profile affects the heat 
exchanger performance. Five mass flow profiles are considered 
using the beta distribution model. In each case study, only one 
stream is affected by flow maldistribution. The results show 
that flow maldistribution in the evaporating stream has the most 
deterioration effect on thermal performance. In heat exchangers 
with a large number of layers, symmetric flow maldistribution 
is the worst scenario. In heat exchangers with a small number 
of layers, performance deterioration depends on the solid 
temperature distribution along the Z-direction. Those mass flow 
profiles that lead to most of the hot stream to the hot solid 
region or lead to most of the cold stream to the cold solid 
region causes more degradation. The worst scenarios for natural 
gas maldistribution decrease cooling load by 10% and 7.9% in 
ten-unit-cell and forty-unit-cell cases, respectively. In the 
worst-case scenarios of ethylene refrigerant flow 
maldistribution, cooling of natural gas is reduced by 15.8% and 
17.8% for ten-unit-cell and forty-unit-cell cases, respectively. 

Key words: Heat exchanger, Two phase, Flow maldistribution, 
Performance deterioration, Conjugate heat transfer 

INTRODUCTION 
The performance of a heat exchanger is affected by how 

well the flow is distributed among its layers. Especially it is 
critically important for two-phase heat exchangers [1]. Flow 
distribution in a heat exchanger is affected by the heat 
exchanger geometry and operating condition. Several studies 
[2-4] have been carried out on investigating mass flow 
distribution in heat exchangers and how it affects the heat 
exchanger performance. Zhang and Li [5] applied the CFD 
model to demonstrate that using a two section header equipped 
with a holed sheet reduces inlet flow maldistribution. Wen and 
Li [6] used a perforated baffle to improve the flow uniformity 
in a plate-fin heat exchanger. They investigated the effect of 
baffle configuration on the quality of flow distribution. 

NOMENCLATURE 

 b [m] Plate thickness 

De [%] Thermal performance deterioration 

 h [m] Channel height 
H [J] Enthalpy 

 k [W/mK] Thermal conductivity 

 l [m] Fin length 
m [kg/s] Layer mass flow rate 

M [kg/s] Stream mass flow rate 

P  [Pa] Pressure 

Q [W] Heat transfer rate 

 s [m] Fin pitch 
 t [m] Fin metal thickness 
T [K] Temperature 

x [-] Vapor mass fraction 

Subscripts 
f Fluid 
m Affected by flow maldistribution 
s Solid 
u Uniform flow case 

Yang et al. [7] developed a mathematical model to evaluate 
the effect of flow maldistribution on the performance of plate 
fin heat exchangers. They showed that compared to 
conventional headers and punched baffle headers, a quasi-S 
header configuration provides a better flow distribution. Chu et 
al. [8] proposed a modified hyperbolic inlet header based on the 
streamline profile to improve the flow uniformity. Furthermore, 
they found that as the heat exchanger core length increases, the 
flow maldistribution decreases. Zhang [9] used the porous 
media model to evaluate the effect of core characteristics on the 
thermal deterioration resulting from flow maldistribution in a 
cross flow plate fin heat exchanger and consequently realized 
that for the cores with channel pitch larger than 2mm, the effect 
of flow maldistribution on the thermal performance should be 
taken into account. Haider et al. [10] used the porous media 
approach to develop a three-dimensional simulation model for 
multi-stream compact heat exchangers. They examined the 
effect of inlet configuration and distributor geometry on the 
thermal performance and found that the heat exchanger size 
should be increased by 44% in order to compensate for non-
uniformities effects [11]. Zargoushi et al. [12] applied the 
porous media approach to evaluate the influence of fluid 
distributors on the flow uniformity in an industrial plate-fin 
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heat exchanger. In order to improve flow distribution, Wang et 
al. [13] examined a fin channel-based strategy and a header-
based strategy. They found both strategies are effective, but the 
first one was more efficient. Pan et al. [14] analyzed the 
equivalent frictional resistance network model of a 
microchannel to compare the effect of manifold and 
microchannel structural parameters on the flow distribution. It 
was shown that microchannel structural parameters have a 
greater influence on velocity distributions. 

In the above-mentioned studies, flow distribution was 
calculated via numerical simulations. In several studies, flow 
maldistribution is considered as a known to investigate the 
effect of flow distribution profile on the exchanger thermal 
performance. Yuan [15] applied four maldistribution scenarios 
to analyze the nonuniformity effects in a three-stream cross-
flow heat exchanger. In some cases, they found that a heat 
exchanger with a non-uniform flow performs better. Chin and 
Raghavan [16] investigated the influence of four statistical 
moments of distribution profile on the performance 
degradation. They recommended focusing on optimizing the 
first three moments for flow distribution modification. Guo et 
al. [17] selected nine different inlet mass flow profiles with the 
same total mass flow rate to analyze the flow maldistribution 
effects in a two-stream cross-flow heat exchanger. They 
showed that inlet flow maldistribution could increase or 
decrease heat transfer. Peng et al. [18] developed an integral 
mean temperature difference model to illustrate the effect of 
passage arrangement optimization on the thermal performance 
deterioration caused by flow maldistribution. Hajabdollahi and 
Seifoori [19] examined four flow distribution cases and found 
that flow maldistribution affects the optimal design of the heat 
exchanger. Niroomand et al. [20] developed a quasi-three-
dimensional model and investigated the effect of linear flow 
maldistribution on a single-phase heat exchanger. They found 
that the number of layers affects thermal performance 
deterioration caused by flow maldistribution. 

Few studies in the literature have examined the effect of 
flow distribution profiles on the performance of two-phase heat 
exchangers. In the present study, a general multi-scale 
modeling approach is used to show how flow maldistribution 
affects the performance of a six-stream multi-component two-
phase heat exchanger.   

PHYSICAL MODEL DESCRIPTION 
Multi-stream plate fin heat exchangers provide a compact 

volume for heat exchange between several streams. A typical 
six-stream heat exchanger is shown in Figure 1. Each fluid 
stream is distributed among N layers. Flow distribution among 
different layers of the heat exchanger is shown in Figure 2. 
Layers of the heat exchanger are filled with different types of 
fins to increase the heat transfer surface area as well as to 
enhance the heat transfer coefficient. In this study, a six-stream 
offset strip fin heat exchanger with a length of 1m and a width 
of 1m is evaluated. Figure 3 shows the schematic of a typical 
offset strip fin and its geometrical parameters. Fin parameter 
values for all streams are listed in Table 1. 

Table 2 presents the fluids stream characteristics of the heat 
exchanger. In this six-stream heat exchanger, the cooling load 

for liquefying natural gas is provided by evaporating ethylene 
in stream F. 
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Figure 1 A typical six-stream heat exchanger with N unit 
cells [1] 
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Figure 2 Schematic of flow distribution for a six-stream 
heat exchanger 
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Figure 3 Schematic of typical fin geometries 

 

Table 1 Geometrical fin parameters 

Stream s (mm) h (mm) l (mm) t (mm) 

A 1.054 1.905 2.822 0.102 
B 1.054 1.905 2.822 0.102 
C 1.054 1.905 2.822 0.102 
D 1.626 6.35 3.175 0.102 
E 0.9398 6.35 2.54 0.102 
F 1.054 1.905 2.822 0.102 
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Table 2 Streams specifications 

stream fluid averagem (g/s) inletT (K) inletP (Pa) inletx  

A NG 125 230.7 50.00 0.96 
B Methane 71.37 224.4 22.61 1 
C Ethylene 24. 07 230.6 13.47 0 
D Ethylene 80.87 185.3 1.00 1 
E Ethylene 79.25 185.3 2.38 1 
F Ethylene 80.50 205.4 5.66 0 

NUMERICAL MODELING FRAMEWORK 
Simulation has been carried out in Matlab using the 

framework developed by Niroomand et al. [21]. The fluid 
temperature distribution is obtained by solving the following 
energy equation for each layer [21]: 

fm dH Q    (1) 

where m  is the mass flow rate, H is the fluid enthalpy and, 

fQ  refers to the total heat transferred to the fluid via the 

primary and secondary surfaces. 
The temperature distribution through the solid matrix is 

calculated by solving conduction equation (2) for separating 
plates and side plates [21].   

0s

T T
k dr dy b k dy dr b Q

r r y y

     
        

      

  (2) 

where T is the solid temperature, b is the plate thickness, sQ  is 

the heat transferred from the adjacent fluid and secondary 
surfaces, y represents the fluid flow direction and r  represents 

the height direction for side plates and lateral directions for 
separating plates. 

Equations (1) and (2) are discretized according to the 
approach explained by Niroomand et al. [21]. To start the 
simulations, inlet fluid temperatures are considered as an initial 
guess for the streams. Then, the heat transfer rates to the fluid 
in each layer are obtained considering the temperature driving 
force between the solid wall and the adjacent fluid. The solid 
matrix temperature is then updated by solving the conduction 
equations for separating plates and side plates. Using the new 
values for the solid temperature, the approach is repeated until 
the results converge to the final solution. The final solution will 
be independent of the initial guess. The numerical modeling 
framework and simulation workflow have been presented in 
detail by Niroomand et al. [21]. 

 The developed framework allows the layer-by-layer 
analysis of the heat exchanger. So the effects of inlet flow 
maldistribution on the heat exchanger performance can be 
examined using various mass flow profiles. In order to address 
the flow maldistribution, the beta distribution model is used as 
follows [22]: 

   
11(1 ) 1 , , 0 1

qp
layer averagem m r r z z p q z

      
 

   

   
1 11

0
, 1

qpp q z z dz
  

   
(3) 

where layerm is the ith layer mass flow rate of the stream, and 

averagem is the average mass flow rate for the stream. r , p , and 

q are the mass flow distribution parameters. According to 

Table 3, these parameters are set to create a uniform flow and 
five more case studies. Two heat exchangers composed of ten 
and forty unit cells are considered to show how the number of 
layers affects thermal performance deterioration caused by flow 
maldistribution. Flow distribution profiles for these case studies 
are shown in Figure 4. The first type is a symmetric distribution 
in which the peak mass flow rate occurs at the center. For the 
second and third types, the peak mass is shifted towards the 
lower and upper layers, respectively. In the fourth and fifth 
types, the mass flow rate increases and decreases linearly along 
the heat exchanger height, respectively. In each simulation, one 
stream is affected by maldistribution, while the others are 
uniform. 

RESULTS AND DISCUSSION 
Validation of the model is accomplished by calculating the 

outlet temperature at each layer of the six-stream heat 
exchanger composed of 10 unit cells in which natural gas is 
distributed according to the first type of flow distribution. The 
results of the current model which is presented in Figure 5 are 
in good agreement with the results of ASPEN EDR software 
V10. 

Table 3 Flow distribution parameters 

case r p q 

Uniform flow 1 - - 
1 0.3 5 5 
2 0.3 3 5 
3 0.3 5 3 
4 0.2 2 1 
5 0.2 1 2 

 

 

 

 

(a)  

 

 

 

(b)  

Figure 4 Flow distribution profiles  
(a) 10 layers in each stream (b) 40 layers in each stream 
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Figure 5 Outlet fluid temperatures in case of the first type of 
flow distribution for a ten-unit-cell case study 

A heat exchanger with uniform mass flow distribution is 
considered as a benchmark to evaluate the thermal performance 
of those affected by mass flow maldistribution. The thermal 
performance deterioration caused by flow maldistribution is 
defined as below : 

 A,u A,m A,uDe Q Q Q 100    (4) 

where A,uQ is the cooling load provided for the natural gas in a 

uniform flow case, and A,mQ represents the cooling load for a 

non-uniform flow case. 
Figure 6 shows the solid temperature distribution for the 

uniform flow heat exchangers composed of ten and forty unit 
cells. Hot streams enter the heat exchangers at Y=0 and flow in 
the +Y direction, while cold streams enter the heat exchangers 
at Y=1 and flow in the -Y direction. It can be seen that the solid 
temperature in the lower half of the heat exchanger is higher 
than in the upper section. This occurs due to contact of the 
incoming hot flow with the lower cap plate and the incoming 
cold flow with the upper cap plate. 

The effect of inlet mass flow nonuniformity on the thermal 
performance deterioration for a ten-unit-cell case study is 
shown in Figure 7. The results show that the fifth type of flow 
maldistribution of the natural gas is the worst scenario for this 
stream, which degrades the thermal performance by 10%. 
Nevertheless, the fourth type of flow maldistribution increases 
the provided cooling load by 2.1%. For the natural gas, lower 
solid temperature leads to higher temperature driving force for 
the heat transfer rate between the solid matrix and the fluid. So, 
considering the solid temperature distribution shown in Figure 
6-a, higher mass flow rate in the lower layers of the natural gas 
leads to lower heat transfer rate.  

Figure 8 shows the solid temperature variation along the Z 
direction when the natural gas is distributed according to the 
fifth and fourth type of flow maldistribution. In the fifth type of 
maldistribution, most of the inlet natural gas exists in a region 
with the lower potential for the heat transfer rate, and it leads to 
the thermal performance deterioration. Unlike the fifth type, in 
the fourth type of natural gas maldistribution, lowest mass flow 
rate exists in the lower potential region and most of the mass 
flow rate directs to the region with the larger potential for the 
heat transfer. 

The obtained results indicate that flow maldistribution in 
streams B to E does not affect the thermal performance of the 
heat exchanger as much as it does in streams A and F, so these 

can be neglected. Ethylene refrigerant flow maldistribution 
affects the thermal performance more than other streams. 
Unlike the natural gas scenarios, for the ethylene refrigerant, 
the third type of maldistribution has the most negative effect on 
the thermal performance, and the fifth type has the lowest 
deterioration. The higher the solid temperature in contact with 
the cold fluid, the higher the heat transfer rate. Figure 9 shows 
the solid temperature variation for the third type of flow 
maldistribution of the ethylene refrigerant.  It can be seen that 
the region with the highest solid temperature also has the 
lowest refrigerant mass flow rate, which results in a 15.8% 
reduction in thermal performance. 

 

 
(a) 

 
(b) 

Figure 6 Solid temperature distribution in case of uniform flow 
(a) 10 unit cells (b) 40 unit cells 

 

 

Figure 7 Thermal performance deterioration for a ten-unit-
cell case study 
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(a) 

 
(b) 

Figure 8 Solid temperature distribution in the z-direction for 
(a) fifth (b) fourth type of flow distribution of the natural gas 

(ten-unit-cell case study) 

 

Figure 9 Solid temperature distribution in the z-direction for 
the third type of flow distribution of the ethylene refrigerant        

(ten-unit-cell case study) 

Figure 10 shows how flow maldistribution in the heat 
exchanger composed of forty unit cells affects the thermal 
performance deterioration. In the forty-unit-cell case study, the 
non-uniform mass flow distribution of the ethylene refrigerant 
affects the thermal performance more than it does for other 
streams, and the thermal performance deterioration for streams 
B to E can be neglected as in a ten-unit cell case study. 
However, the first type of flow maldistribution affects the 
thermal performance more than other types. In this case, the 
uniform solid temperature distribution within the middle region 
of the heat exchanger shown in Figure 6-b will be affected by 
the flow maldistribution, which results in thermal performance 
deterioration. As a result of the symmetric flow maldistribution 
of the ethylene refrigerant, the cooling load provided for the 
natural gas in a forty-unit-cell case is decreased by 17.8%. 

 

Figure 10 Thermal performance deterioration for a forty-
unit-cell case study 

Figure 11 shows the solid temperature distribution along the 
z direction for the fourth and fifth types of flow maldistribution 
of the natural gas. In the fifth type, the mass flow rate reaches 
its maximum value in the region with the highest solid 
temperature. Whereas in the fourth type, the minimum mass 
flow rate exists in the region with the highest solid temperature. 
Hence, the thermal performance deterioration decreases for the 
fourth type compared to the fifth type. 

 
(a) 

 
(b) 

Figure 11 Solid temperature distribution in the z-direction 
for (a) fifth (b) fourth type of flow distribution in the natural 

gas (forty-unit-cell case study) 

CONCLUSION 
In this study a general multi-scale model has been used to 

analyse the conjugate heat transfer in a six-stream plate-fin heat 
exchanger affected by flow maldistribution. The heat exchanger 
is used to liquefy natural gas. Pure ethylene is evaporated and 
provides the cooling load of the heat exchanger while other 
streams do not go through the phase change. Well known beta 
distribution model was used to impose flow maldistribution in  
different streams of the heat exchanger. Conjugate heat transfer 
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analysis has been conducted to show how flow maldistribution 
affects the heat exchanger thermal performance. Following are 
the concluding remarks: 
 The performance deterioration is dependent on the number 

of layers, stream characteristics, and flow distribution 
profiles. 

 In the ten and forty unit cells case studies, the worst 
scenario occurs due to the maldistribution of the ethylene 
refrigerant. 

 In a forty-unit-cell case study, the worst scenario is when 
there is symmetric flow maldistribution, which results in a 
17.8% performance deterioration. The same flow 
maldistribution for the ethylene refrigerant in a ten-unit-cell 
case study leads to a 12.7% performance deterioration. 
Whereas shifting the peak mass flow profile towards the 
upper layers increases the performance deterioration to 
15.8% in a ten-unit-cell case study.  

 Although in a ten-unit-cell case, a linear increasing mass 
flow profile for ethylene refrigerant leads to a 14% 
performance deterioration, the same profile in the natural 
gas improves the performance by 2.1%. 

 The worst scenario of mass flow maldistribution of the 
natural gas for a ten-unit-cell case study happens in the 
linear decreasing type with a 10% performance 
deterioration. 

 It is worth noting that flow maldistribution in non-
phase change streams has a negligible effect on the natural 
gas liquefaction. 
The thermal performance deterioration analysis presented in 

this study helps the heat exchanger designer to determine the 
most and least important streams regarding flow 
maldistribution. Thus, the header design can focus on those 
important ones. Furthermore, it helps to know which types of 
flow distribution profiles should be avoided to keep thermal 
performance as high as possible.   
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ABSTRACT
Moxibustion is a thermal therapy in traditional Chinese

medicine that relies on the heat from burning moxa to be trans-
ferred beneath the skin surface. Although moxibustion has long
been in widespread practice, the mechanism of heat transfer
modality and temperature distribution during this treatment is not
yet well understood . A mathematical model for the prediction
of temperature elevation during moxibustion therapy has been
constructed and compared with the experimental data inex vivo
(pork) andin vivo ( animal ). Good agreement with the exper-
imental data has been found . The developed model has been
used for for the prediction of temperature elevation in a human
leg during the treatment. Patient specific geometry has been re-
constructed based one the CT image. Temperature dependent tis-
sue properties have been taken into account. The effect of blood
flow on the temperature elevation and vice versa have been inves-
tigated . It was revealed that both heat conduction and radiation
heat transfer play important roles during the treatment. It was
also shown that temperature increase during the treatment can
sufficiently affect the blood flow and blood pressure . Increase
in blood temperature leads to the decreased viscosity and results
in increased blood flow. The results presented in the current pa
per can be used for understanding the mechanisms of Chinese
medicine and developing useful guidelines for Chinese medicine
doctors.

1 INTRODUCTION
Thermal therapy is widely known clinical procedure. Dif-

ferent heating sources can be used, including electromagnetic
waves, lasers, ultrasonic waves and microwaves [1]. Heating tis-
sue up to 410C is used in physiotherapy and in the treatment of
rheumatic diseases [1]. Temperatures of 41–450C are applied
in hyperthermia, with the treatment time ranging from half an
hour to several hours. Temperatures higher than 500C are used
for the thermal ablation of tissue in the treatment of cancer and
other applications [2; 3; 4]. Moxibustion is a thermal therapy
in traditional Chinese medicine, that is widely accepted for dif-
ferent applications, including pain management, gastrointestinal

NOMENCLATURE

c [J/kg K] specific heat
cb [J/kg K] specific heat of blood
k [W/m K] thermal conductivity of tissue
T [◦C] temperature
wb [kg/m3s] blood perfusion rate
Q [W/m3] heat source
P [Pa] static pressure
u [m/s] velocity vector
t [s] time
x [m] coordinate in the x direction
y [m] coordinate in the y direction
z [m] coordinate in the z direction

Special characters
µ [kg/m·s] shear viscosity of blood flow
ρ [kg/m3] density

Subscripts
t tissue
b blood
m moxa

issues, hypertension [5; 6; 7]. Although moxibustion is a com-
mon treatment, its mechanisms such as heat transfer modality
and temperature distribution are still unclear.

The field of the moxibustion has attracted significant interest
in recent years, with both experimental and theoretical studies
being performed [8; 9; 10; 11; 12]. Most of the authors assumed
that heat conduction is the main heating mechanism. They mea-
sured the skin-surface temperature during moxibustion treatment
and used the obtained experimental data as a boundary condi-
tion to simulate numerically the temperature beneath the heating
position. For the modeling of temperature elevation traditional
Pennes bioheat equation[13] is normally used [8; 9; 10; 12].
Based on the proposed method the authors found that shallow
tissues of the skin and muscles can be heating up to 1-1.5 cm. In
our recent experimental study in a pork [6] we found that radi-
ation heat transfer plays an important role during the treatment.
In the current paper, the mathematical model for the prediction
of temperature elevation during moxibustion therapy will be pre-
sented. To the traditional Pennes bioheat equation radiation heat
source will be added with the parameters adjusted from animal
experiments. In addition, since acupoint are usually located close
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to blood vessels, an additional bioheat equation inside the blood
vessel will be added in order to take into account the convec-
tive blood flow cooling. Similar mathematical model has been
for the prediction of the temperature elevation during focused ul-
trasound treatment [4] with a good agreement with experimental
data [14]. Patient specific geometry has been reconstructed from
CT image and temperature and blood flow in the leg during the
treatment has been predicted. The authors believe that the ob-
tained experimental and theoretical results can be helpful for the
standardization of therapy procedures, fundamental understand-
ing of the treatment and the development of clinical protocols.

2 MATHEMATICAL MODEL

2.1 Bioheat and hydrodynamics equations
Heat transfer beneath the skin surface during moxibustion pro-

cess can be modelled by the Pennes’ bioheat equation [13]:

ρt ct
∂T
∂t

= ∇ · (kt∇T)+ρb cbωb (T0−T)+Q (1)

whereρt is the density of tissue (kg/m3), ct the specific heat of
tissue (J/kg·K), kt the thermal conductivity of tissue (W/m·K),
ρb the density of blood (kg/m3), cb the specific heat of blood
(J/kg·K), ωb (= 0.5 kg/m3·s) the blood perfusion rate, andQ the
heat source term (W/m3). Q is the radiation heat source released
by burning moxa-stick (W/m3). The thermal properties of tissues
are listed in Table 1 [14].

In the region inside the blood vessel, temperature rise was cal-
culated by solving the following heat equation

ρb cb
∂T
∂t

= kb∇2T −ρb cb u ·∇T +q (2)

whereu is the blood flow velocity. In the above equation [3;
15; 16] the biologically relevant heat source, which isq, and the
heat sink, which is−ρb cb u ·∇T, are added to the conventional
diffusion-type heat equation. In order to calculate the blood flow
velocityu, shown on the right hand side of Eq. (2), in a three di-
mensional geometry hydrodynamic equations should be solved.
In this study the flow in large blood vessels is assumed to be in-
compressible and laminar, for which the mass conservation equa-
tion has the form∇ ·u = 0. The equation for modeling the blood
flow motion is as follows [2; 4]

∂u
∂t

+(u ·∇)u =
µ
ρ

∇2u−
1
ρ

∇P (3)

In the above,P is the static pressure,µ the shear viscosity of
blood flow, andρ the blood density.

In the current paper it is assumed that tissue properties depend
on the temperature. The thermal conductivity has the follow-
ing dependence on the temperaturekt = 0.840419+0.001403T

W/m·C. Viscosity of bloodµ= 0.00211−4(T−37)/(T+273)
kg/m s and density of bloodρb = 1.035–0.41335(T − 310)
kg/m3. Later on we will show that temperature dependent tis-
sue properties can lead to the change of the blood flow velocity
and correspondingly the pressure during moxibustion treatment.
These observations have been also observed experimentally by
other authors [17].
Table 1. Thermal properties for the human muscle, bone
and blood.

Tissue ρ(kg/m3) c(J/kg·K) k(W/m·K)

Muscle 1055 3200 0.51

Bone 1035 3594 0.84

Blood 1060 3770 0.53

2.2 Radiation Heat Transfer
In the most of the previous studies it was assumed that heat

conduction from the skin is the main heating mechanism. If only
heat conduction is considered, the predicted temperature can be
increased only up to 1 cm beneath the skin surface. However, in
our recent study we showed that the temperature can be increased
in tissue up to 4 cm deep [6]. When radiation heat transfer was
included in the mathematical model, very good agreement was
found between the experimental and numerical results.

Burning moxa emits visible light and infrared radiation; there-
fore, besides the heat effects, nonthermal radiation effects may
have an important role in the efficacy of moxibustion. Physics
tells us that radiation is a process of energy transfer in the form
of electromagnetic waves; any object with a temperature above
absolute zero emits electromagnetic radiation. The infrared radi-
ation spectrum of the moxa-stick was 1.5–14µm [18].

Since a burning moxa-stick has a very high temperature, it is
also necessary to take the effect of radiation heat transfer from
the burning moxa into account. As a result, the heat source
term Q in equation (1) includes radiation attenuation in the tis-
sue. The radiation energy from burning moxa-stick is absorbed
and scattered when it transmits through the tissue. The intensity
of radiation decreases exponentially with depth based on Beer’s
Law: exp(−|y|/µa), wherey is the depth andµa is the penetra-
tion depth (cm). The absorbed radiation energy in tissueQ can
be described by

Q= Qsur f acee
−

|y|
µa (4)

whereQsur f ace(W/m3) represents the heat source on the surface
of the human’s leg. For the human muscle,µa = 0.020 [10].
Qsur f acehas been adjusted based on the animal experimental data
on the surface. Absorption coefficient of blood was considered
several times smaller than absorption of tissue [19]. Previously,
temperature on the skin surface has been measured with an in-
frared camera [11]. In the current paper, the temperature on the
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surface has been used as a boundary condition in the simulation
of the heat equation (1).

The temperature on the human’s leg surface during the exper-
iment was controlled to be lower than 60oC, which is about the
highest temperature that human skin can endure, to avoid scar-
ring. Fig. 3 shows the time varying temperature at the heating
position of human’s leg surface.

2.3 Numerical Methods
Finite volume method has been used for the modeling of bioheat
equations in tissue and blood domain and hydrodynamic equa-
tions inside the blood vessel. The detailed description of the
solution procedure can be found in our previous papers [3; 4].
Initial tissue temperature is equal to 37oC. At the fluid–solid
interface a conjugate heat transfer boundary condition has been
imposed. The interface boundary condition takes into account
thermal conduction in liver and convection in blood vessel do-
main.

Based on CT image first surface geometry has been created,
then volume meshes for the muscles, two bones and four blood
vessels have been generated. Unstructured mesh has been used.
The total number of elements was about 435000. The refined
mesh close to moxa stick has been used. The schematic of the
created three dimensional geometry can be seen in Fig. 2. Mesh
independence test was carried out by comparing the temperature
in the final working mesh with the temperature obtained in a re-
fined mesh, which is generated by increasing the number of cells
by 50%. In these two meshes, the temperatures differ from each
other only by an amount less than 1%. Time step 0.5 s has been
considered which was determined by taking the computational
convergence and efficiency into account. The treatment time was
30 min with natural cooling about 20 min.

3 Results and Discussion
For the validation of mathematical model ex-vivo [6] and in-

vivo experiments have been performed. The presented results
can be seen in Figs. 4 and 5. There is a good agreement with
experimental data for both ex-vivo and in-vivo experiments. For
the measurements of the temperature Magnetic resonance imag-
ing has been used [14; 6]. During the experiments the temper-
ature on the surface was controlled to be below 600 C to avoid
appearance of scars. Temperature on the skin surface has been
measured using infrared camera and by MRI. The contours of the
skin surface temperature near the GB38 acupoint can be seen in
Fig 3. The surface temperature has been further used as a bound-
ary condition for the calculation of the temperature in the tissues
below the skin.

In Fig. 6 the predicted temperatures at the cutting plane near
the acupoint are presented at timet = 2400 s. In most of the
previous studies radiation heat transfer has not been taken into
account. However, the performed by our group experiments
showed that radiation heat transfer plays very important role and
should be taken into account. In the following figures we will
investigate importance of radiation of heat transfer in the treat-
ment. It can be seen that when radiation heat transfer is included

the tissues up to 4 cm deep can be heated. Without including
the radiation heat transfer into the model only tissues close to the
skin (up to 1 cm in depth) can be expected to be heated. These
results are in agreement with the experimental results presented
in Figs. 4 and 5. It can be also seen that close to blood ves-
sels the temperature can be sufficiently decreased. The predicted
three dimensional temperature distribution is presented in Fig. 7.

In Fig. 8 the difference between the predicted temperatures
as function of depth at acupoint are presented for the cases com-
puted with and without radiation heat transfer. The drop of the
temperature at y=0.005 and y=0.03 is due to the blood vessels
nearby. The predicted temperatures at the centers of blood ves-
sels near the acupoint are presented in Fig. 9. It can be seen that
the temperature inside the blood vessels can increase by several
degrees. Increase of the temperature leads to the decrease of the
viscosity (Fig. 10) due to the temperature dependent tissue prop-
erties and correspondingly to the increase of blood flow velocity
(Fig. 11). The increase of blood flow velocity and perfusion rate
have been also observed in experimental studies [17]. According
to Bernoulli’s principle increase of velocity will lead to the de-
crease of pressure, which can partly explain why traditional Chi-
nese medicine can be effective for hypertension in clinical use
[20]. The current study is one of the first to explain the observed
effects theoretically and provide some quantitative estimations.

4 Conclusions
A mathematical model for the prediction of temperature ele-

vation during moxibustion treatment in the patient specific geom-
etry has been proposed. This physical model takes into account
the convective cooling in large blood vessel and the perfusion
due to capillary flows. For the modeling of blood flow hydro-
dynamic equations have been used. Temperature dependent tis-
sue properties have been considered. For the validation of the
proposed model the predicted results have been compared with
ex-vivo (porcine muscle) and in-vivo (rabbit experiments) tem-
perature elevation. Most of the previous studies considered the
heat conduction as the main heating mechanism. However, radi-
ation heat transfer plays very important role. It was shown that
deep tissues up to 4 cm can be heated compared to 1-1.5 when
radiation heat transfer is not taken into account. The temperature
and velocity inside the blood vessel have been also calculated. It
was found that blood flow increased during the treatment due to
the decreased blood viscosity. The increase of blood flow veloc-
ity and perfusion rate have been also observed in experimental
studies. The simulated results can be useful to understand the
mechanisms involved in moxibustion therapy and to develop an
effective guideline on moxibustion for medical doctors.
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GB38 Yangfu

Figure 1. Schematic illustration of GB38 (Yangfu) acupoint
of the calf section.

Figure 2. Schematic illustration of the reconstructed calf
section, including muscles (grey color), two bones (yellow
color) and four blood vessels 1-4 (red color).

X Y

Z

T

328
327
326
325
324
323
322
321
320
319
318
317
316
315
314
313
312
311
310
309
308

Figure 3. The contours of the skin surface temperature
near the GB38 acupoint measured by infrared camera.
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Figure 4. Validation of the model by comparing with the
measured temperature in porcine muscle. The temperature
measurements have been performed by MRI.
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Figure 5. The predicted and measured temperature eleva-
tion as function of depth in tissue during moxibustion treat-
ment in rabbit, in-vivo experiments.

X

Y

-0.04 -0.02 0 0.02 0.04

-0.02

0

0.02

0.04

T

328
327
326
325
324
323
322
321
320
319
318
317
316
315
314
313
312
311
310
309
308

X

Y

-0.04 -0.02 0 0.02 0.04

-0.02

0

0.02

0.04

T

328
327
326
325
324
323
322
321
320
319
318
317
316
315
314
313
312
311
310
309
308

Figure 6. The predicted temperature profiles at the cutting
plane near the GB38 acupoint (a) without taking the radi-
ation heat transfer into account; (b) with the radiation heat
transfer. Small black circles denote the location od blood ves-
sels.
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Figure 7. The predicted 3D temperature distribution in the
calf section (a) without taking into account radiation heat
transfer; (b) with radiation heat transfer.
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Figure 8. The predicted temperature profiles at the GB38
acupoint of the calf section as function of depth (y axis) (a)
without radiation; (b) with radiation.
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Figure 9. The predicted temperatures at the centers of
blood vessels 1 (a), 2(b), 3(c) and 4(d) near the acupoint. The
results are compared for the cases computed with and with-
out taking into account radiation heat transfer.
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Figure 10. The computed viscosity at the center of vessel 2
close to the moxibustion treatment site.
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account radiation heat transfer. The change of velocity is due
to the change of viscosity during the thermal treatment.
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ABSTRACT 
In this paper, we report an optofluidic window shelter 

system that can be used for natural daylighting in buildings. The 
implementation of the optofluidic window shelter is based on 
electrowetting-on-dielectric (EWOD). The EWOD effect 
controls the contact angle between an electrolyte and a dielectric 
surface through the application of an electric potential difference 
between them. With two immiscible fluids (oil and water) in a 
transparent cuvette and with a high-reflectivity membrane film 
suspended between the fluid-fluid meniscus, we can actively 
control the contact angles along the fluid-fluid-solid tri-junction 
lines and hence the orientation of the membrane reflector via 
EWOD. As-formed dynamic reflector (heliostat) can be used for 
adaptive sunlight tracking and steering via reflection. Without 
any mechanical moving parts, this EWOD-tuned liquid prism 
allows the optofluidic heliostat to adaptively track both the daily 
and seasonal changes of the Sun’s orbit, i.e., dual-axis tracking, 
while steering sunlight into buildings for natural daylighting. 

INTRODUCTION 
A variety of building light sources including cool white 

fluorescent, incandescent, energy-efficient fluorescent, and full-
spectrum fluorescent lighting have been developed during the 
past century. Each type of lighting has a different level of power 
consumption and energy efficiency.1 However, people are both 
psychologically and physiologically affected by the different 
spectrums provided by the various types of artificial light. In 
particular, it has been reported that light has physiological, 
psychological and behavioral influences on students in schools 
as well as workers in commercial buildings.2 Therefore, natural 
daylighting has recently drawn increasing interest and attention 
in architecture community. As such, it is found that natural 
daylighting is associated with improved mood, enhanced morale, 
lower fatigue, and reduced eyestrain in the working places. Here 
we introduce our natural daylighting technique based on 
electrowetting on dielectric (EWOD). 

The EWOD effect is the change in contact angle between an 
electrolyte and a dielectric surface as a result of an applied 
potential difference between them (Figure 1).3-6 The contact 
angle change of a liquid by EWOD is described by Lippman-
Young’s equation:3, 7  

  cos𝜃 = cos𝜃 + 𝑉                                 (1) 
where θ is the contact angle at electric potential V, 𝜃  is the 
contact angle with no electric potential, 𝛾 is the liquid-liquid 
interfacial tension, 𝜀  is the permittivity of vacuum, 𝜀  the 

dielectric constant of the dielectric insulator layer and d the 
thickness of the dielectric insulator layer.  

Figure 1. EWOD-controlled fluid-fluid interface. 
Changes in the contact angle can give rise to continuous 

morphing of the fluid interface curvature and shape.8, 9 
Therefore, the meniscus interface can function as a tunable liquid 
lens or liquid prism (light deflector).10 

NOMENCLATURE 
E [V/m] Electric field 
V [V] Electrical potential
d [m] Thickness of the dielectric insulator layer
F [N] Force
A [-] The Atwood number  
M 
p 
u 
g 

[-] 
[Pa] 
[m/s] 
[m/s2] 

Maxwell 
The pressure 
The velocity of fluid  
The gravitational acceleration 

x [m] Cartesian axis direction
y [m] Cartesian axis direction

Special characters 
θ [-] Contact angle 
γ [N/m] Interfacial tension 𝜀  [F/m] Permittivity of vacuum 𝜀  [-] Dielectric constant of fluids 
μ [Pa·s] Dynamics viscosity of fluids 𝜎  [FV2/m3] The Maxwell stress tensor 
ρ 
ε 
γ 𝜙 

[kg/m3] 
[m] 
[-] 
[-] 

Density of fluids  
The interface thickness controlling parameter 
The reinitialization parameter 
The level-set function  

Subscripts 
st Surface tension
L Left side
e Electric field 
R Right side 
Y Young’s
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LIQUID PRISMS FOR ADAPTIVE SUNLIGHT 
STEERING 

The configuration of EWOD-controlled liquid prism is 
shown in Figure 2. A thin layer of transparent indium tin oxide 
(ITO) electrode is evaporated onto the sidewalls of a square glass 
channel and a thin layer of dielectric insulator (parylene C) is 
deposited on the electrode. The glass channel is next dip coated 
with fluoropolymer (Teflon) to make the wall surface to be 
hydrophobic. Subsequently, the open channel is attached to an 
ITO glass substrate to form a transparent cuvette, i.e., EWOD 
solar module. The top cover plate and bottom substrate are 
coated to be anti-reflective to reduce reflection energy loss. Then 
we fill the cell with two immiscible fluids with strong refractive 
index (RI) contrast (e.g., water and a nonpolar oil). By applying 
different voltages to each wall, we can modify the wettability of 
the walls respectively and modulate the orientation of the fluid-
fluid interface.11  

 
Figure 2. EWOD-controlled single-axis and dual-axis 
modulations of the orientation of a fluid-fluid interface in a liquid 
prism module. Left panel shows the detailed sidewall structures. 

Figure 2 illustrates the liquid prism operations of single-axis 
orientation by activating one sidewall electrode (middle panel) 
and dual-axis orientation by activating two neighboring sidewall 
electrodes simultaneously (right panel). Without any mechanical 
moving parts, this dynamic liquid prism allows the device to 
adaptively track both the daily and seasonal changes of the Sun’s 
orbit, i.e., dual-axis tracking. The wide-range tracking and agile 
steering enables the liquid prism work as a solar tracking 
module.10 

LIQUID PRISM PROTOTYPE 
We have successfully fabricated a liquid prism prototype 

with an aperture size of 10 mm x 10 mm as shown in Fig. 3. We 
filled the cell with two fluids – DI water and silicone oil. 1wt% 
KCl and 1wt% Sodium Dodecyl Sulfate (SDS) surfactant were 
added into DI water to increase its electrical conductivity while 
lowering its surface tension. For sunlight (parallel light) steering, 
we need to maintain the fluid-fluid interface as flat as possible. 
As shown in Figure 3, by applying proper voltages on the 
sidewalls, the water-silicone oil interface was maintained to be 
quite flat, the ideal profile for parallel beam deflection. Using a 
custom-built control system and the algorithm for adaptive 
tracking, we have realized continuous liquid prism modulation 
and hence wide-range tracking of the beam source’s shift.10 
Figure 3 are the snapshots of the continuous modulation with the 
corresponding voltages applied to the sidewalls. It is noteworthy 
that we did not observe any Rayleigh–Taylor instability on the 

water-silicone oil interface. This observation is due to fact that 
the density of silicone oil is very close to the water density and 
the Atwood number A ≈ 0.02.  

 
Figure 3. EWOD-controlled continuous modulation of a liquid 
prism (a) the original interface profile with no voltage applied, 
(b)–(d) the fluid-fluid interface orientations in the morning, at 
noon and in the afternoon respectively. The tilt angle of the fluid-
fluid interface is between -30° and 30° and the tracking range of 
incident beam is between -15° and 15°. The frequency of applied 
voltage is 20 Hz. The naturally-formed meniscus between the 
two liquids can function as a dynamic optical prism for adaptive 
solar tracking and sunlight beam steering.10 

CONTROL SYSTEM  
      The optofluidic liquid prism panel will actively direct 
sunlight into a building via adaptive electrowetting control. The 
electrowetting controller designed by us can apply different 
DC/AC voltages (VL, VR, VF, VB) to each wall of the liquid prism 
module so as to modulate the orientation of the liquid-liquid 
interface and thereby control the deflected sunlight direction. As 
explained in our previous research paper, the electrowetting 
controlling voltages should be low-frequency (20~30 Hz) square 
wave AC voltages.10 Square wave AC voltage can avoid 
irreversible polarization and permanent damage on the dielectric 
coating of EWOD devices.  The AC voltage frequency of 20~30 
Hz is higher than the critical damping frequency of the fluid-fluid 
interface, therefore it can maintain the liquid prism orientation 
without consuming much power. Therefore, to achieve high-
accuracy and low power solar tracking, we have designed and 
fabricated a hybrid electrowetting control system that consists of 
a feed-forward channel from solar map and a feedback channel 
from the output signal (e.g., signal from a PV or CPV chip 
sensor). Figure 4 shows the design diagram of the electrowetting 
control system. Since the sunlight incident angle is known for a 
given location at a given time and date, a GPS is used to provide 
the latitude and longitude of the solar unit position, which is 
incorporated with the solar map to provide the solar altitude 
information. This feature gives the controller an initial 
controlling signal to direct the sunlight.  However, a feedback 
loop is needed for active and adaptive solar tracking purpose. 
While the feedback system can give high accuracy of light 
tracking, the feedforward channel endows the controller a good 
initial controlling signal that can significantly shorten the 
optimization range of the feedback channel.  

 
Figure 4.  Diagram of electrowetting control system for adaptive 
solar tracking. 
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ELECTROHYDRODYNAMIC MODELING OF LIQUID 
PRISM 

The EWOD-controlled continuous modulation of a liquid 
prism could be modelled in 2D using the electrostatics module 
and the level-set multiphase flow module in COMSOL 
Multiphysics 5.3.12 The motion of the interface and two-phase 
distribution could be simulated by solving the governing 
equations of fluids and electrostatic fields at the same time.  

For the electrostatics module, the governing equation 
(Gauss’s law) is written as: 

                        𝛻 ⋅ 𝜀 𝜀 𝐸 = 0                                                    (2)   
where E is the electric field in the computational domain, 𝜀  is 
the permittivity of vacuum, 𝜀  is the dielectric constant of fluids. 

For the fluid domain, the governing Naiver-Stokes equation 
is written as: 𝜌 + 𝜌 𝑢 ⋅ 𝛻 𝑢 = 𝛻 ⋅ 𝑝I+𝜇 𝛻𝑢 + 𝛻𝑢 + 𝐹 + 𝐹 +𝜌𝑔    (3)        
                                𝛻 ⋅ 𝑢 = 0                                                                         (4) 
where ρ is the density of fluids (kg/m3), μ is the dynamics 
viscosity of fluids (Pa·s), p is the pressure (Pa), u is the velocity 
(m/s), g is the gravitational acceleration, 𝐹  is the body force 
induced by the interfacial tension, 𝐹  is the electric force induced 
by the Maxwell stress: 

                                  𝐹 = 𝛻 ⋅ 𝜎                                                   (5) 
where 𝜎  is the Maxwell stress tensor, which could be 
calculated based on the electric field distribution by solving 
equation (2).  

In order to track the interface between silicone oil and water, 
level-set function 𝜙 should be solved at every time step. And the 
transport equation of fluid interface could be described as: 

                 + 𝑢 ⋅ 𝛻𝜙 = 𝛾𝛻 ⋅ 𝜀𝛻𝜙 𝜙 1 𝜙 | |              (6) 

where γ is the reinitialization parameter, ε is the interface 
thickness controlling parameter. And the distribution of 
materials property, including fluid density and fluid viscosity, in 
the computational domain is a function of the level set function 
defined as: 

           𝜌 𝜙 = 𝜌 𝜙 + 𝜌 1 𝜙                                        (7) 𝜇 𝜙 = 𝜇 𝜙 + 𝜇 1 𝜙                                        (8) 
where 𝜌  and 𝜌  are the constant densities of silicone oil and water, 
respectively. And  𝜇  and 𝜇  are the dynamics viscosities of silicone 
oil and water, respectively. 

 
Figure 5. Phase distribution in the liquid prism (a) the original 
interface profile with no voltage applied; the fluid-fluid interface 
orientations when (b) 𝑉 = 44𝑉,𝑉 = 19𝑉, (c) 𝑉 = 44𝑉,𝑉 =19𝑉, (d) 𝑉 = 19𝑉,𝑉 = 44𝑉  respectively. The frequency of all 
applied voltage is 20 Hz. 

The interface profiles in the liquid prism at different applied 
voltages were finally obtained by solving the governing equations. 
As shown in Figure 5, the silicone oil-water interfaces are maintained 
as flat interface when applying proper voltages. The slopes of the 
interfaces are almost same as the slopes which we have observed in 
our experiments. Also, the dynamic motion of interface based on our 
numerical results imply no instability occurred at the interface, which 
numerically prove the good performance of our EWOD device. 
 
EWOD-CONTROLLED WINDOW SHELTER 

The use of daylight as the primary source of lighting in buildings 
has been advocated for many years and has drawn significant 
attention in the past decade. Without daylight, people will often 
suffer from sleep disorders, depression, and chemical/hormone 
imbalances that negatively affect health, concentration, and 
performance especially in classrooms. In turn, buildings with 
adequate daylight can promote happiness, contentment, and 
productivity, all of which are greatly improved with high-quality 
natural daylight. Introducing and guiding natural light to residential 
buildings can provide these benefits to occupants’ health and 
productivity; and high-quality daylighting can also greatly reduce 
electric lighting and cooling loads, saving energy and reducing green 
house gas emissions.13 

A solar heliostat, automatically tracking the sun as it crosses the 
sky, constantly reflects direct sunlight to any desired location or to 
thermal systems in fields or special lighting devices within buildings. 
Recently, we have put forward liquid prism-based heliostat as smart 
window or window shelter. As shown in Figure 6(a), a high-
reflectivity membrane film (3M VikuitiTM enhanced specular 
reflector film) is suspended between the fluid-fluid meniscus after 
membrane surface treatments, i.e., the membrane surface in contact 
with oil is made to be hydrophobic while the other side is modified 
to be hydrophilic. The EWOD-tuned dynamic reflector can be used 
for solar tracking and sunlight steering via reflection. Subsequently, 
we have fabricated a prototype of liquid prism reflector as shown in 
Figure 6(b). We employed low frequency (< 20 Hz) square wave AC 
voltages (10-30V) to drive the liquid prism module in order to not 
only enhance the interface stability but also lower the power 
consumption. For a liquid prism, gravity-induced deformation and 
stability are a concern especially at tilted orientations. By using two 
fluids of equal density the liquid prism can be maintained 
independent of its orientation and is rather insensitive to external 
vibration and shock. We arranged an array of such liquid prism 
reflectors on a window shelter to form a low-profile beam steering 
sheet as shown in Figure 6(c). 

 
              (a)             (b) (c) 

Figure 6. (a) An electro-optical reflector formed in a liquid 
prism cube. (b)  Reflective membrane film modulated by 
EWOD. (c) EWOD-controlled window shelter for natural 
daylighting. 
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As shown by the snapshots in Figure 7(a)-(d), in response to 
the shifts of the incident laser beam, which was representative of 
sunlight, the applied electrical field adaptively modified the 
orientation of each individual prism in order to steer the reflected 
beam consistently toward the target (rooms in a building). It is 
noteworthy that θ degree tuning of membrane orientation will 
lead to 2θ change between the incident and reflected rays, which 
remarkably facilitates the full range solar tracking. In contrary to 
collecting refracted ray, which necessitates significantly 
contrasting RIs between two fluids, the EWOD heliostat only 
requires a matching density between the two immiscible fluids. 
The scalable configuration and design of EWOD heliostat 
provides an excellent approach to natural daylighting. In 
particular, the optofluidic system allows substitution of cost-
effective materials such as glasses and optical fluids for the more 
costly semiconductor PV materials and can adaptively track the 
sun without mechanical moving parts, which results in a highly 
efficient solar system suitable for building installation. 

 
Figure 7. Snapshots of programmable tuning of the reflected 
laser beam spot through EWOD-controlled liquid prism 
modulation. 

CONCLUSIONS 
This optofluidic technology is unique and has clear 

distinctions from any of the existing building lighting systems. 
The innovative features can be summarized as follows: 

a) This dual-axis optofluidic system continuously 
modulates fluid-fluid interface throughout the day for 
full range adaptive solar tracking and agile sunlight 
steering without mechanical moving parts.   

b) A system containing fluids always raises the concerns of 
leaking and freezing especially in the boreal region. The 
freezing point of fluids can be depressed by adding a salt 
solution. In this way, the liquid prism can work and 
function between -20 ºC and 75 ºC. 

c) Cool and natural daylight has good colour rendering and 
is healthy leading to psychological benefits especially in 
classrooms. 

Our optofluidic window shelter system consists of EWOD-
controlled liquid prism modules which form a compact and low-
profile solar tracking and steering system.  This novel solar 
heliostat can continuously modulate the fluid-fluid interfaces in 
the liquid prism panel to achieve wide-range solar tracking and 
agile sunlight steering without mechanical moving structures. In 
comparison with traditional incandescent lighting system and 
fluorescent lighting system, the optofluidic daylighting 
technology will directly utilize solar energy with a significant 
cost reduction. Importantly, the elimination of bulky tracking 
hardware and quiet operation will allow extensive residential 
deployment of solar power. The success of this daylighting 
technique has huge market impacts and will enable a paradigm 
shift in the role of solar energy in the global energy market. 
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ABSTRACT 

Hydrocarbon pyrolysis is a hydrogen production technology 

under development commonly known as turquoise hydrogen. 

There are a set of technologies that are proposed for the 

implementation of such process aiming the conversion of light 

hydrocarbons (as methane, ethane,...) into carbon and hydrogen. 

Such process is of great interest in a context of decarbonization 

and circularization of the Society. Some routes for light 

hydrocarbon pyrolysis are based on plasma-arc technologies, 

catalysed thermal pyrolysis, direct thermal cracking, developed 

since the 90's. Novel routes have pop up based on the bubbling 

of light hydrocarbons into liquid media, as liquid metal or molten 

salt baths, at temperatures suitable for their decomposition (well 

above 600 ºC).  The readiness level of pyrolysis technologies 

ranges from 3 to 7, with liquid concepts involved in the process 

to upgrade from the proof-of-concept to the demostration phase. 

The development of bubbling reactors require the availability of 

reliable simulation tools to face the scaling of the concepts that 

is currently in progress. The particular case of bubbling in liquid 

metal is specially challenging. Multiphase flow driven by 

buoyancy in a low Prandt number liquid, bubble formation 

physics and chemical kinetics are physical and chemical 

phenomena that should be coupled to provide a realiable 

estimation of the performance of this type of concepts. In 

particular, kinetic parameters are highly influenced by multi-

component and multi-phase environment as in the case of light 

hydrocarbon pyrolysis, as it comprises the reaction of a gas phase 

to produce solid material submerged in a liquid phase. In this 

communication, it will be shown a 1-D model, used to estimate 

the kinetic parameters of the methane pyrolysis reaction in a 

liquid metal based on experiments between 750 and 950 ºC in 

the absence of catalyst. 

INTRODUCTION 

Hydrocarbon pyrolysis is a process that is attracting attention 

for its potential to contribute to the decarbonization of our 

Society. It consists on the decomposition of light hydrocarbons 

into their basic components: carbon and hydrogen. The process 

is basically described as: 

𝐶𝑥𝐻𝑦 → 𝑥𝐶 + 𝑦

2
 𝐻2  (1) 

NOMENCLATURE 

EOk [kJ/mol] Activation Energy 

k0 [1/s] Pre-exponential factor 
a [-] Reaction order 

F [N] Force

CD [-] Drag coefficient 
D [mm] Diameter 

V [m3] Volume 
v [m/s] Velocity 

T [K] Temperature

Re [-] Reynolds number 
Q [m3/s]  Flow 

P [W] Potencia 

r [kg/m3] Density 
X [-] Methane molar conversion ratio into hydrogen 

h W/m2.K Convection heat transfer coefficient 

R [K/kW] Thermal resistance 

n [nol/s] Molar flow 

H [kJ/mol] Heat of reaction 

H [kJ/mol] Enthalpy of formation 

Special Characters 

 [-] Gas hold-up 

Subscripts 

b Bubble 

B Buoyancy  
D Drag 

t Tube 

0 Ambient or reference 
v Volumetric 

g Gas mixture 

1f One-phase 

2f Two-phase 

l Liquid phase 

c Convection 
k Conduction 

HCpir Hydrocarbon pyrolysis 

ext External 

This reaction has been studied for decades [1], [2] . A number 

of researchers have conducted experimental and theoretical work 

to understand the reaction through several methods[3]–[5]: 

catalytic methane cracking [6], [7], thermal pyrolysis [8], [9], or 

plasma-arch decomposition[10]. Results obtained from the 
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laboratory-scale studies of methane decomposition show that 

high conversion rates of methane into hydrogen (with almost 

complete conversion of methane) are feasible at very high 

temperatures (> 1300 ºC) or at comparatively lower temperatures 

(> 500 ºC) using a suitable catalyst. 

 

Significant effort has been applied to provide catalysts to the 

methane decomposition reaction in order to achieve a viable 

implementation below 1000 ºC. In particular, metallic catalysts 

based on Ni and Fe have achieved quite interesting conversion 

rates at temperatures of the order of 600-700 ºC[7]. Carbon-

based catalysts such as black carbon or activated carbon have 

been also proposed [8]. 

 

Nevertheless, the practical implementation of the process at 

industrial scale is limited by the deactivation of the catalyst and 

its cost. The deactivation of the catalyst is produced by the 

formation of coke on the surface of the catalyst during its 

operation and its control is a very important challenge. In the 

case of carbonaceous catalysts, carbon from the pyrolysis 

process reduces the active surface, and finally eliminating its 

catalytic effect [13]. A detailed review on the thermocatalytic 

decomposition of methane has been recently published by Ashik 

et al.[11].  The regeneration of the spent catalyst is done with air 

or steam. Air regeneration is able to produce energy that will 

cover part of the energy demand for the methane cracking 

process, but has as main drawbacks: catalyst oxidation, 

production of hot spots, sintering and disintegration of the 

catalyst leading to its destruction [13] and CO2 generation. 

Steam regeneration is more promising from the point of view of 

the catalyst integrity, as many regeneration cycles have been 

reported for Ni-based catalysts, although small amounts of 

filamentous carbon remained, reducing slightly the catalyst 

performance [15]. In spite of these problems, catalytic methane 

decarbonisation was implemented in the HYPRO project by 

Universal Oil Products in the 1960s, based on a fluidized bed 

reactor with Ni-Fe-Co catalyst in Al2O3 support [14]. This 

system with two fluidized bed was too complex and expensive. 

 

Liquid metal reactors have been proposed as a potential 

technology that could lead to the practical industrial 

implementation of hydrocarbon pyrolysis. Liquid tin[11] or 

gallium[12]  are proposed as molten media for the reaction, as 

well as liquid metal alloys containing nickel[13]. Such reactors 

are based on the injection of gas bubbles into the liquid media. 

Other authors have proposed the utilization of molten salts as 

reaction media [14], [15]. The engineering design of such 

reactors requires the development of multi-physics, multi-

component numerical tools to combine multi-phase fluid-

mechanics (gas-light hydrocarbon, liquid-molten media, solid-

carbon) with chemical reactions involving gas-solid phases.  

 

One if the main uncertainties for such reaction, and in 

particular, methane pyrolysis, is the accurate determination of 

the kinetic parameters of the reaction. Methane decomposition 

involves a few steps, but it is generally admitted that its kinetics 

follows an Arrhenius law depending on a pre-exponential factor 

(k0) and an activation energy (E0). Several authors have 

evaluated those parameters under several reaction conditions and 

in the presence of several materials and reactor types [3] ranging 

Eo from 65 (gas phase-solid Ni) to 452 kJ/mol (gas phase 

without catalyst). Such differences in the apparent activation 

energy gives some hints about the catalytic effect of each 

reaction configuration. In this communication we will evaluate 

the kinetic parameters of methane decomposition from available 

experimental data[16] to shed some light for the practical 

evaluation of such reaction by engineering tools. 

 

 

NUMERICAL MODEL 
 

The numerical analysis of the methane pyrolysis along the 

liquid metal column has been done in a 1-D finite-element 

scheme implemented in the Engineering Equation Solver (EES) 

with a total amount of 70 cells in the down-up direction, 

following a bubble path.  

 

Methane injection is produced trough an orifice creating a 

bubble. Such bubble is driven upwards by the buoyancy forces 

created by the density difference between the gas and the liquid 

metal until drag forces are equalized to reach the terminal 

velocity. The force balance between buoyancy and drag forces 

(FB, FD) to evaluate the bubble velocity is defined in equation 4, 

determining the residence time of the gas in the liquid metal 

column from the terminal velocity: 

 

𝐹𝐵 = (𝜌𝑆𝑛 − 𝜌𝑔)𝑉𝑏                                     (2) 

 

𝐹𝐷 =
𝐶𝐷𝜋𝐴𝑝𝜌𝑆𝑛𝑣𝑏

2

2
                                         (3) 

 

𝐹𝐵 = 𝐹D                                                       (4) 

 

 

What leads to the terminal velocity as: 

 

𝑣𝑏,2𝑓 = √
4𝑔𝐷𝑏(𝜌𝑆𝑛−𝜌𝑔)

3𝐶𝐷𝜌𝑆𝑛
                                   (5) 

 

The drag coefficient can be evaluated as a sphere, as the flow 

rate of the gas injection is low, being expressed in function of the 

Reynolds number as. 

 

𝐶𝐷 =
21.12

𝑅𝑒
+

6.3

√𝑅𝑒
+ 0.25     0.1 < 𝑅𝑒 < 2 ∙ 103    (6) 

 

The bubble diameter is an important parameter. There are no 

many confident correlation for the evaluation of the dimeter if a 

bubble when injected through an orifice or a porous, except for 

previous work experimentally tested for injection trough a 

porous sparger in water [17]. Nevertheless, bubble diameter and 

terminal velocity of the gas in the liquid metal is affected by the 

density of the gas (temperature) and most of the data available is 

provided at much lower temperature[18]. We have evaluated 

such velocity for a starting bubble diameter of 1 mm and 
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extrapolating experimental data at 300 ºC to the experimental 

temperature (750 to 850 ºC) via the differential gas density, as 

expressed in equation (5). 

 

Gas inside the column evolves according to two regimes: 

gas-liquid, and gas-gas as shown in Figure 1. The gas injected at 

the bottom of the column forms bubbles or two-phase flow 

trough the liquid metal driven by buoyancy and trough the tube 

section by one-phase flow, being the velocity in this second 

section imposes by the flow rate: 

 

   𝑣𝑏,1𝑓 =
𝑄𝑣

𝜋
𝐷𝑡

2

4
𝜌𝑔

                                                        (7) 

 

Being Qv the volumetric flow rate, Dt, the column diameter, 

and g, the gas density in this section. For the evaluation of the 

velocity, note that it is produced a gas hold-up when injection, 

that increase the free surface level depending on the ratio 

between gas flowing trough the liquid metal column (Vg), and 

the liquid metal volume (Vl). The gas hold-up is evaluated as: 

 

𝜀 =
𝑉𝑔

𝑉𝑔+𝑉𝑙
                                                             (8) 

 

 

 

Figure 1 Flowing regimes 

 

Methane conversion kinetics has been included in our model 

by the following equation (9), based on an Arrhenius model, 

introducing the bubble vertical velocity (vb), the pre-exponential 

factor (k0) and the activation energy (Ea). X refers to the molar 

conversion of the reaction (1) 

 
𝜕𝑋

𝜕𝑥
= 𝑘0𝑒𝑥𝑝 (

−𝐸𝑎

𝑅𝑇
)

(1−𝑋)𝑎

𝑣𝑏
                           (9) 

 

Several authors have reported values of the pre-exponential 

factor in the range 103-1014 s-1 and activation energies between 

130 and 450 kJ/mol for non-catalysed pyrolysis.  

For the integration of the chemical kinetics and fluid-

mechanics, we have developed a 1-D finite-element model based 

on the evaluation of the energy balance in the liquid metal 

column. The governing equation for the energy balance in the 

two-phase section of the reactor is: 

 

𝜌𝑔𝐶𝑝.𝑔
𝜕𝑇𝑔

𝜕𝑡
=

1

𝑟2

𝜕

𝜕𝑟
(𝑟2𝑘𝑔

𝜕𝑇𝑔

𝜕𝑟
) − ∆𝐻𝑟𝑘0𝑒𝑥𝑝 (

𝐸𝑎

𝑅𝑇
) (1 − 𝑋) 

(10) 

 

These equations are solved in our model applying the 

boundary conditions of symmetry in the centre of the bubble, and 

convection heat transfer at the bubble interface between the gas 

and the liquid phase. 

  
𝜕𝑇𝑔

𝜕𝑟
= 0;                         𝑟 = 0                    (11) 

 

 
𝜕𝑇𝑔

𝜕𝑟
= ℎ𝑔−𝑙(𝑇𝑔 − 𝑇𝑙);          𝑟 =

𝐷𝑏

2
                   (12) 

 

This balance equation has been discretised for cylindrical 

nodes in our 1-D finite element model for steady state simulation 

leading to a formulation for the i-th node as: 

 
𝑇𝑙,𝑖−1−𝑇𝑙,𝑖

𝑅𝑘,𝑙
+

𝑇𝑙,𝑖+1−𝑇𝑙,𝑖

𝑅𝑘,𝑙
+ 𝑃𝐻𝐶𝑝𝑖𝑟 = 𝑃𝑒𝑥𝑡            (13) 

 

where it is evaluated at each node the heat transfer by conduction 

in the liquid metal trough the conduction resistance (Rk), as well 

as the power that is consumed in the natural gas pyrolysis (PHCpir) 

and the external power (Pext) that is transferred by convection 

trough the walls of the column. In this equation 13, the liquid 

metal temperature is assumed to be the same as the gas bubble, 

as the Bi number is being computed to 0,02, with a time constant 

for the lumped capacity transient model of less than 1 ms. Such 

assumption were done as well by other authors[19]. 

Additionally, the available experimental data measures the 

temperature of the liquid phase. 

 

The power consumed by the endothermic pyrolysis reaction 

is estimated in function of the variation of the molar flow of 

methane times its molar reaction heat as: 

 

𝑃𝐻𝐶𝑝𝑖𝑟 = ∆𝐻𝑟(𝑛𝐶𝐻4,𝑖+1 − 𝑛𝐶𝐻4,𝑖)          (14) 

 

The heat of reaction at is node is computed from the heat of 

formation of each component at the conditions (P,T) at node i. 

 

∆𝐻𝑟,𝑖 = 𝐻𝐶,𝑖 + 2𝐻𝐻2,𝑖 − 𝐻𝐶𝐻4,𝑖                  (15) 

 

The energy balance above the liquid metal free surface has 

been evaluated by a single node in the form: 

 

𝜌𝑔𝜋
𝐷𝑡

2

4
𝐶𝑝.𝑔𝑣𝑔(𝑇𝑔,𝑖+1 − 𝑇𝑔,𝑖) + 𝑃𝐻𝐶𝑝𝑖𝑟 = 𝑃𝑒𝑥𝑡        (16) 
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The diameter of the bubble is corrected at each node into the 

model to account for the volume increase due to methane 

conversion and pressure and temperature variation. 

 

IMPLEMENTATION AND RESULTS 
 

The described numerical model has been implemented in the 

Engineering Equation Solver environment (EES) [20]. We have 

divided the 1 m column formed by a 35.9 mm (Dt) inner diameter 

tube of the experimental apparatus into 75 nodes. The first 70 

nodes for the estimation of the gas evolution on the liquid metal-

gas phase, and 5 nodes for the gas phase. 

 

Respect to the reaction we have estimated to be of first order 

(a=1).  We have taken as main reference the experimental data 

obtained to fit the results of the conversion in the model to the 

measurements in the experiments and reported in [21], and 

represented in Figure 2.  

 

 
 

Figure 2 Experimental data for direct liquid metal pyrolysis 

reported in [21]  

 

The model was run iteratively to fit the data to a reference 

temperature (850 ºC), using as initialization values pre-

exponential factors and activation energies, minimizing 

residuals. The pre-exponential factors and activation energy 

resulted as Ea=379.313 kJ/mol and ko=5.42∙1013 1/s after the 

iterative process at 850 ºC and applied to the seven flow-rates 

from 50 to 200 ml/min of methane injection, as shown in Figure 

3. Figure 4 shows the impact of the activation energy for 850 ºC, 

a methane flow rate of 50 ml/min and a fixed pre-exponential 

factor of 6.6∙1013 1/s in our model. Apart of the sensitivity of the 

conversion rate respect to the activation energy, it can be 

observed how most of the conversion is produced in the gas-

phase section at the top of the reactor, driven by the mechanical 

impulse of the injection pumping trough the reactor tube. In our 

simulations, gas velocities in the liquid tin is of the order of 15 

m/s, dominated by buoyancy, what leads to residence time in that 

section around 5.5 s, while in the last section is estimated of the 

order of 0.002 m/s for a total residence time of 83 s in the whole 

reactor. 

 

 

Figure 3 Comparison of experimental data and the 

application of our parameters at 850 ºC vs methane flow at 

injection. 

 

Figure 4 Evolution of the conversion along the reactor 

(ko=6.6∙1013 1/s, flow rate 50 ml/min. 850 ºC) 
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The effect of the flowrate is clearly shown, as the lower the 

flow, the higher the conversion. This effect is produced by the 

low velocity of the gas at the gas-phase section. Buoyancy 

dominates at the multi-phase section, with low dependency on 

the flow but on the density differences between the two phases. 

In the gas-phase section at the upper part of the reactor, velocity 

decrease linearly with flow rate, increasing the residence time 

almost in the same proportion. Velocities at low flow rates (in 

the experiment of the order of ml/min) are much lower in the 

liquid metal-free section, being produced most of the conversion 

in that part of the reactor.  

 

We have checked the results introducing those kinetic 

parameters on the model to estimate the conversion at the rest of 

the temperatures with available experimental data. In Figure 5 it 

is depicted the application of the kinetic parameters obtained 

from our fit and the experimental data at 750 ºC. Such results 

may be considered as the lower limit of reliable data, as 

conversion is almost negligible for the residence time of the 

methane into the liquid metal column, as well as the gas phase 

section. At 750 ºC the kinetics of the reaction is very low and it 

seems impractical to try methane direct methane pyrolysis at that 

temperature range. Figure 6 shows the comparison with the 

experimental data at 900 ºC. The agreement at practical 

conversion rates validates the applicability of Ea=379.313 kJ/mol 

and ko=5.42∙1013 1/s to describe methane pyrolysis kinetics in 

liquid metal in the absence of any additional catalyst.  

 

 
 

Figure 5 Comparison of experimental data and the 

application of our parameters at 750 ºC vs methane flow at 

injection. 

 

 

 
 

Figure 6 Comparison of experimental data and the 

application of our parameters at 750 ºC vs methane flow at 

injection. 

 

CONCLUSION 
 
It has been presented the kinetic parameter evaluation for 

methane pyrolysis based on the model and the analysis of 

available data in literature [21]. For that purpose, a 1-D fluid-

mechanic model has been implemented in Engineering Equation 

Solver (EES)[20] to evaluate gas residence time and fit the 

experimental data. Such data depends on methane flow rate and 

temperature, allowing to solve a value of the activation energy 

and pre-exponential factor of a one-step Arrhenius model for 

methane pyrolysis. 

 

The parameters obtained are Ea=379.313 kJ/mol and 

ko=5.42∙1013 1/s, compatible with reported values in different 

types of reactors. Nevertheless, as observed by the analysis of 

the two modes of gas impulsion into the reactor (two-phase, gas-

phase), very different gas velocities and residence times are 

computed. The two lifting modes differs on their dependency on 

flow rates. The result is a strong dependence of residence time 

and conversion versus methane injection flow rate. At the current 

low flow rate (up to 200 ml/min), residence time in the liquid 

metal free section is dominant. That suggest that such kinetic 

parameters seem to be representative of the reaction evolution in 

the absence of liquid metal, even in the context of a liquid metal 

reactor. Therefore, further work has to be devoted to the 

experimental evaluation for the estimation of these parameters in 

a full liquid metal environment, with long residence times in a 

liquid metal column.  
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ABSTRACT 

A hybrid cooling tower's performance was evaluated on a wide 

range of fan speeds and hybrid ratios to determine energy and 

water consumption. A working prototype hybrid cooling tower 

was designed and built for the experiment. Measurements were 

taken from the operational tower using calibrated instruments 

in order to maintain the accuracy of the readings. The test 

results data were presented and analysed. The results indicated 

an increase in heat transfer rate as the fan power increases and 

were significantly high in hybrid mode operation compared to 

separate dry and wet modes. It was noted that the hybrid mode 

produced low water consumption than the wet mode under the 

same conditions, representing a 55% water consumption 

reduction between hybrid ratios of 0.2 to 0.8 

INTRODUCTION 
Cooling towers are generally used to dissipate waste heat from 

process fluids used in petrochemical, mining, power stations 

and airconditioning units. They are classified based on the air 

and water flow pattern, structure, construction material, shape 

or heat transfer method as suggested by Kolmetz [1]. The heat 

transfer method is the most used factor for designing towers, 

and the towers can be further classified as dry or wet cooling 

systems. The traditional dry and wet cooling systems have 

more disadvantages regarding performance, water, and energy 

consumption when operated separately. The main 

disadvantages of the dry and wet cooling systems are high 

energy and water usage. However, when the two cooling 

systems are combined into a hybrid tower, they provide an 

excellent cooling system that is cost-effective and 

environmentally friendly.  

Over the years, several studies have been conducted to 

evaluate hybrid cooling performance. The performance of the 

hybrid cooling towers is determined by either dry or wet mode 

tube bundles characteristics. The heat and mass transfer rate of 

hybrid tower wet mode is influenced by the ambient conditions 

[2,3]. It was noted a decrease in heat transfer rate due to high 

humidity.   However, the airflow is the driving force in the wet 

mode operation of the hybrid tower. According to 

Asvapoositkul [4], heat transfer rate increase due to increase in 

airflow rate. It was further reported that the power consumption 

in the wet mode increase with increasing airflow rate. In 

addition, the wet mode performance is significantly influenced 

by spray water, as reported by Heyns [5]. It was noted that the 

heat transfer rate is a function of spray water, especially its 

influence on film convective and heat transfer coefficients. 

Similarly, Hasan [6] found out that the tube configuration 

affects the scatter film heat transfer coefficient.    

NOMENCLATURE 

Area 

Specific heat at constant pressure 

Fin effectiveness 
[kg/s] Evaporation 

Mass velocity 

Heat transfer coefficient 

Heat transfer rate 

Temperature 

Overall heat transfer coefficient 
[kg/s] Water consumption 

Special characters 

Difference 

Effectiveness 

Dynamic viscosity 

Density 

Subscripts 
av air vapour 
db dry bulb 
dw deluge water 
f fin 
log logarithm 
sat Saturated 
v vapour 
w water 
wb wet bulb 

The dry mode performance is affected by the tube on the tube 

bundle geometric features, as observed by Kawaguchi [7] from 

their test results on fin tubes of different arrangements. They 
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concluded that the fin arrangement affects the heat transfer rate. 

Similarly the fin height transfer coefficient is increasing with a 

decrease in fin height [8]. However, the performance of the dry 

mode is influenced by the airflow and pressure drop. The 

pressure drop was found to decrease with a decrease in fin 

height [9,10] while the increase in pressure drop led to a 

reduction in airflow, which eventually impacted the heat 

transfer coefficient.  

The objective of the use of hybrid towers is water and 

energy saving.  The study of hybrid system model showed a 

significant reduction in water consumption [11]. In other 

studies was found that a hybrid cooling tower operating in a 

series arrangement yields a decrease in water and energy 

consumption. In addition, the visible plume was relatively 

reduced due to mixing dry and wet mode exhaust airstreams in 

the plenum [4,12]  

The authors of this study conducted an experimental work to 

analyse a hybrid cooling tower’s performance characteristics. 
This research extends previous studies, as testing the tower 

with variable fan speed has not been considered before. The fan 

speed variation offers an operational flexibility and wide tower 

capacity range. This will further assist in providing real life 

cooling tower performance data for future optimisation. 

 

EXPERIMENTAL METHOD 
Experimental setup 

A working prototype hybrid cooling tower was designed 

and built in a Mechanical Engineering laboratory at the 

University of Johannesburg as part of this study. The prototype 

cooling tower characteristics and operation are described in this 

section. The prototype hybrid cooling tower used in this study 

is designed in a rectangular prism shape with dimensions 610 

mm(L) x 600 mm(W) x 1700 mm(H). It consists mainly of the 

frame made from welded and cold sprayed galvanised steel and 

the cladding fabricated from perspex sheet cladding. The tubes, 

pipes and fittings are all made from copper. Isolating Ball 

valves were fitted to control the water flow. An axial fan with a 

rating of 0.2 kW, having five blades, powered through an 

inverter, is mounted at the top of the tower. The spray water is 

fitted at the bottom of the tower, and a float ball valve is 

mounted inside it. Mounted separately next to the spray water 

collection tank is a process water storage tank with a 2-kW 

heater connected to a PD controller installed inside the tank. 

Two centrifugal circulation pumps are mounted on the deluge 

collection basin and process water storage tank. The water 

distribution pipe mounted at the top of the deluge water supply 

pipe and spray nozzles made of polypropylene are attached. 

The P.V.C. drift eliminator is mounted on the distribution pipe 

to remove entrained droplets from the wet bundle exit air 

stream. A diagram of the hybrid cooling tower set-up is shown 

in Figure 1. 

 

Tower operation 

The process water of the prototype hybrid tower shown in 

Figure 1 is heated in the storage tank to the desired temperature 

by an electric heater. Hot water is pumped from the tank by a 

circulation pump into the pipe manifold, splitting the flow into 

inlets of dry and wet tube bundles. The water flow rate is 

measured and controlled by a flowmeter and ball valve. Process 

water inlet temperature is measured at the inlets of both tube 

bundles. The process water flows from the top to the bottom of 

both tube bundles and is collected in the storage tank. 

Temperature probes were used to measure both the process and 

deluge water inlet and outlet temperatures.  

Deluge water at a temperature is pumped from the tower 

basin into the header above the evaporative tube bundle. The 

water flow is uniformly distributed and sprayed over the tube 

bundle by nozzles. As the deluge water falls downwards, it 

forms a thin film of water around the tube surface areas. 

Temperature probes are used to measure the water temperature 

before entering the water distribution header, and the deluge 

water temperature is measured at each tube row. Finally, the 

falling cooled deluge water is collected at the basin. 

 

 
Figure 1 Schematic diagram of prototype hybrid cooling tower  

 

Ambient air is induced in a counterflow stream through the 

bottom and upper sides of the tower using an axial fan mounted 

at the top of the cooling tower. The air flows through both tube 

bundles, and the mass airflow rate is varied by reducing the fan 

power by an inverter.   

The dry cooling mode has a crimped type of finned tube 

bundle consisting of two tube banks installed at the top of the 

drift eliminators on both sides of the cooling tower. Each tube 

bank consists of 2 rows and eight tubes per row. The tubes are 

installed in a triangular arrangement and are made of copper to 

provide good thermal conductivity and a smooth surface. The 

two tube banks are joined together to provide common inlet and 

outlet manifolds, as shown in Figure 2. The tubes are soldered 

onto the hot galvanised steel frame under inert gas, thus non-

oxidising. 

The tube bundle comprises eight rows of smoothbore 

horizontal copper tubes. The tubes have a bare outside diameter 

which provides lower resistance to airflow. Each row consists 

of 12 tubes of 0.5 mm thickness, and they are arranged in a 

triangular pattern. The outside diameter of each tube is 12.5 
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mm and 400 mm long. The tubes are encased inside a hot 

galvanised steel frame to avoid air bypassing the tubes, as 

shown in Figure 3. The inlet and outlet water pipes have the 

same diameter as the coil tubes. As a result, the water flows 

from the top to the bottom of the tube bundle, resulting in less 

pressure drop across the tube bundles. The tubes are joined 

together by soldering. 

 

 
Figure 2 Hybrid tower dry mode finned tube bundle 

 

 

 
Figure 3 Hybrid tower dry mode finned tube bundle 

 

Designed conditions 

The prototype hybrid cooling tower is designed to operate in 

a series configuration.  Analyses were conducted separately on 

the dry, wet and combined series of dry/wet (hybrid) modes 

covering various conditions. The details of the parameter kept 

constant are given in Table 1. A 15 kW heat transfer rate is 

estimated at atmospheric conditions of 20 °C wet bulb 

temperature and 25 °C dry bulb temperature and this is 

considered the design duty condition.    

The prototype was fitted with several instruments to 

accurately measure pressure, temperature water and air flow-

rates. These units were installed at the inlets and outlets of 

process water pipes and spray water pipe. Furthermore, a 

handheld vane anemometer was used to measure the airflow 

and pressure drop inside the tower. Temperature data were 

logged into a computer using a Pico USB Data Logger.  

However, to maintain accuracy for the measurements, the 

instruments were factory calibrated to the accuracies, as shown 

in Table 2 

 

Table 1 Design conditions considered for hybrid cooling 

Tower 

Description Value Unit 

Inlet hot water temperature 50  

Outlet cold water temperature 32  

Spray water flow rate 0.3 l/s 

Process water flow rate 

 

Heat transfer rate 

0.2 

 

15 

l/s 

 

kW 
   

 

Table 2 Parameters measured, instruments used and their 

accuracy 

Parameter Instrument Used  Accuracy 

Water Temperature ( ) K- Thermocouple +/- 0.5 

Air Temperature ( ) Wall-mounted 

transmitter 

+/- 0.5 

Air relative humidity (%) Wall-mounted 

transmitter 

+/- 5% 

Water flow rate(L/m) Electromagnetic 

flowmeter  

+/-0.1 

Air velocity (m/s) Portable digital 

anemometer 

+/-0.1 

Air differential pressure 

(kPa) 

Digital Manometer +/-0.1 

Temperature Logger ( ) Pico Data Logger +/- 0.5 

 

In order to quantify the heat transfer rate of the hybrid 

cooling tower, the below basic equations were used. 

 

Heat transfer rate for wet and dry mode is calculated as, 

 

=              (1) 

     
Based on the laws of energy conservation, the heat transfer rate 

for the hybrid mode is defined as, 

 

 =                                                                
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=  +                                                     

                                                                                                 (2) 

Where  and are process water outlet 

temperatures for dry and evaporative mode, respectively. 

 

RESULTS 
Several tests were conducted on each dry, wet and hybrid 

cooling tower mode at four different fan speeds, namely 40, 60, 

80 and 100% of the full fan speed. The experimental test data 

was summarised and analysed separately to evaluate 

performance characteristics and water and energy conservation. 

 

Hybrid mode operation 

The hybrid mode was tested operating in a series 

configuration using different hybrid ratios. The heat load was 

divided between the dry and the wet cooling mode. This 

influenced the performance and water consumption. In 

addition, the airflow rate variations from different fan speeds 

resulted in different output variables for the parameters. The 

fan speed varied from 40% to 100 % of its full speed. 

 

Effect of the fan speed on heat transfer rate at different 

hybrid ratios 

As shown in Figure 4, the fan speed influenced the heat 

transfer rate at different hybrid ratios It can be seen on the 

graphs that the heat transfer rate increases significantly with an 

increase in fan speed. This increase is reflected by the process 

water outlet temperatures. The application of a hybrid ratio 

resulted in the drop in water outlet temperatures. As observed 

in Figure 4, high heat transfer rates were obtained at a high 

hybrid ratio of 0.8. This indicates that by increasing the water 

flow rate into the dry mode the heat transfer rate increases 

significantly depending on the fan speed.  
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Figure 4 The effects of fan speed on heat transfer rate on 

different hybrid ratios  

 

The heat transfer results obtained at 40% of fan power for 

hybrid ratios between 0.2 and 0.8, are between 12.9 and 18.5 

kW. This represents a 30% increase in heat transfer which 

indicates that the hybrid ratio significantly reduces energy 

demand. Thus, a high heat transfer rate is obtained at a high 

hybrid ratio. However, the hybrid ratio which provides for the 

designed duty of 15 kW heat transfer rate, is 0.4 ratio. The 

same trend can be observed on the graph at 100% full fan 

power. According to the graph, a 15 kW heat transfer rate is 

obtained between 40 and 60% of fan speed thus, significantly 

reducing energy consumption. These results are in agreement 

with theoretical predictions made in previous study [12] 
  

Effect of the fan speed on water consumption at different 

hybrid ratios 

Water consumption in hybrid mode varies with the hybrid 

ratio used, as shown in Figure 5. This variation is caused by the 

flow rate being diverted into the dry mode before entering the 

wet mode. This diversion of ass flow resulted in a reduced the 

evaporation rate. It can be further seen in Figure 5 that the 

water consumption rate decreased with the increasing hybrid 

ratio. The graph trend shows a 55% decrease in water 

consumption between hybrid ratios 0.2 and 0.8 when operating 

at 100% full fan speed. A hybrid ratio of 0.2 has the highest 

water consumption, with a 0.8 ratio having the least. 
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Figure 5 Water consumption at different hybrid ratios 

 

As seen in Figure 5, the water consumption rate also decreased 

with an increase in fan speed. For example, the difference 

between fan speed ranges between 40% and 100%, and a 

hybrid ratio of 0.4 operations indicates a 61% reduction in 

water consumption. The findings agree with the results of 

previous studies [4,12]. In addition, the decline in water 

consumption can be attributed to the mixing of saturated air 

from the wet mode and the dry, hot air from the dry mode in the 

mixing section. The interaction of these two air mixtures results 

in the decreasing diffusion coefficient of vapour, which leads to 

a decrease in water consumption.  

 

Comparison of heat transfer rates for dry, wet and hybrid 

modes based on fan speed variations 

A comparison of the heat transfer rates for the hybrid 

cooling tower modes based on different fan speed settings is 

shown in Figure 6. The heat transfer rate of the hybrid mode 

operating on a hybrid ratio of 0.4 is much higher than the dry 

and wet modes. The results indicate an 18% difference between 

the hybrid and wet mode when operating on 100% full fan 

speed. On the other side, the dry mode-only operation yields a 

lower heat transfer rate at 100% full fan speed than wet and 

hybrid modes leading to high fan power consumption and less 

performance. For instance, dry mode heat transfer results at 

100% full fan speed is 3.52 kW compared to the 18.51 kW for 

the hybrid mode. Therefore, the hybrid mode offers better 
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performance and less fan power consumption than the dry and 

wet modes.  
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 Figure 6 Heat transfer rates comparison for dry, wet and 

hybrid mode 

 

Comparison of water consumption for wet and hybrid 

mode 

Figure 7 presents the water consumption comparison between 

wet and hybrid mode operations. At 100% full fan power 

speed, the water consumption of wet and hybrid modes are 

0.0059 and 0.0035 kg/s, respectively, representing a 41% 

difference. Water consumption in the wet mode increases with 

increasing fan speed than in the hybrid mode due to high 

evaporation in the wet mode. The evaporation in the hybrid 

mode is less due to the shared heat transfer with the dry mode 

leading to less water consumption. From the results in Figure 7, 

it can be assumed that the hybrid mode has less water 

consumption compared to the wet mode, which agrees well 

with model-predicted results and findings. 

 

 
Figure 7 Water consumption comparison between wet and 

hybrid mode operation 

 

CONCLUSION  
The hybrid cooling tower was tested using ratios 0.2, 0.4, 

0.6 and 0.8 at different fan speeds. The test results indicated an 

increased heat transfer rate with increasing hybrid ratio and fan 

speed. This suggests that using a hybrid ratio significantly 

reduces water consumption due to less evaporation influenced 

by the dry mode. For example, the hybrid cooling mode ratio of 

0.4 showed a 41% water consumption reduction compared to 

the wet cooling mode. On the other hand, power consumption 

is significantly less than the dry and wet mode operation when 

comparing the heat transfer rate obtained at the same fan speed 

settings. 

The study indicated that the hybrid cooling tower performs 

better using less energy than separate dry and wet towers. 

Depending on the application and ambient conditions, the 

hybrid tower operated using a hybrid ratio offers low water 

consumption than a wet cooling mode operating separately. The 

study results only provided basic data that can be used for 

future studies of hybrid cooling towers regarding energy and 

conservation. Further investigation on the optimization of 

hybrid cooling tower performance by variation of operational 

parameters at different ambient conditions is recommended.  
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ABSTRACT 
We determined the density and the vapor-liquid equilibrium 

of CO2 + 3 mol% O2 and CO2 + 0.3 mol% NO mixtures from 
263 to 373 K and pressures up to 30 MPa. The compositions 
characterize the emissions from oxy-fuel combustion processes 
without further purification. From the experimental data, we 
evaluated the impact of the presence of each impurity on the 
transport, injection and storage of carbon capture and storage 
(CCS) technology.  

We compared our results on CO2 + O2 to the values 
calculated using the equation of state (EoS) for combustion 
gases (EOS-CG), and a perturbed-chain statistical associating 
fluid theory (PC-SAFT) equation of state, validating both EoS 
in this way. For the CO2 + NO binary mixture, EOS-CG does 
not include the corresponding binary model, and the literature 
does not report PC-SAFT parameters, either for pure NO. We 
adjusted the PC-SAFT parameters from our vapor-liquid 
equilibrium experimental results and literature data. We 
validated the PC-SAFT EoS by comparing our data to the 
values calculated using this EoS with the adjusted parameters. 

From the calculation of selected operational CCS 
parameters, we concluded that both impurities have negative 
effects for CCS, although those of NO with the concentration 
studied are negligible since the mixture showed a behavior very 
similar to that of pure CO2. Differences in the chemical 
reactivity due to the studied impurities were not considered. 

INTRODUCTION 
From IPCC and other institutions and researchers’ 

projections [1,2,3], CO2 net emissions (about 40 Gt/year in 
2020) must be reduced to zero by 2050 to achieve a 1.5 ºC 
climate outcome. Given the reluctance of many countries to 
strongly reduce the use of fossil fuels in the short term, and the 
lukewarm results of COP26 [4], Carbon Capture and Storage 
(CCS) appears as an essential technology (in conjunction with 
other mitigation options) in order to reach these target. The use 
of blends of fossil fuels with biomass or even pure biomass, 
combined with CCS (BECCS or Bio-CCS) is considered a 
technology with negative emissions, and it is envisaged to have 
an important role in decarbonization strategic map [5]. 

This work is a part of a project whose main global objective 
is the assessment of oxy-fuel combustion of biomass (fired 

alone or co-fired with coal) with CO2/impurities cocapture for 
transport and storage, seeking the most expedient conditions for 
its integration in power production. 

In this study we used the mixtures CO2 + 3.01 mol% O2 and 
CO2 + 0.301 mol% NO as binary mixture models for the 
expected non-purified emissions from the above cited processes 
[6-9], and we evaluated the characteristics of the CO2/impurity 
cocapture from a thermodynamic and hydraulic point of view 
(chemical reactivity was not considered).  

Density and vapor liquid equilibrium were experimentally 
determined for the mixtures at 9 temperatures between 263 and 
373 K and at pressures between atmospheric and 30 MPa. 
Under similar conditions of pressure, temperature and 
composition, no data were found in the literature for the CO2 + 
NO mixture, but a few for CO2 + O2 [10-14]. The experimental 
data were utilized to evaluate two equations of state (EoS): the 
EOS-CG [15] and the PC-SAFT EoS [16]. Moreover, selected 
design and operation CCS parameters were calculated and 
compared with those corresponding to pure CO2. 

NOMENCLATURE 

CCS [-] Carbon capture and storage 
d [km] Distance travelled by the stream along a pipeline  
M/M0 [-] Normalized storage capacity of a reservoir 

Ṁ/Ṁ0 [-] Normalized permeation flux of the plume in a 
reservoir 

MRD [%] Mean relative deviation 

[%] Global average values of the mean relative 
deviation 

p [MPa] Pressure 
T [K] Temperature 
u(X) [units of X] Combined uncertainty for property X 

v/v0 [-] Normalized rising velocity of the plume in saline 
aquifers  

VLE [-] Vapor-liquid equilibrium 
x [-] Mole fraction 
ρ [kg·m-3] Density 
τ [ms] Vibration period 

Subscripts 
bubble Bubble  
dew Dew 
i,j Compounds 
sat Saturation 
X Property 
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MATERIALS AND METHODS 
Materials 

Table 1 includes the compositions of the mixtures used in 
this study, supplied by Air Liquide, and their uncertainties. 

 
Table 1 Mole composition of the binary mixtures along 

with the corresponding expanded uncertainties (coverage factor 
k=2) in the parentheses. 

Components Mix 1 Mix 2 
CO2 0.9699 0.996988 
O2 0.0301 (0.00030)  
NO  0.003012 (0.000030) 
Analysis Method SM SM 
SM: Supplier methods. The analysis techniques are based on the gas 
chromatography and on the electrolytic hygrometry. 

 
Apparatus and methods 

There are some hazards in the developed experimental 
work: the high pressures involved and those related to the 
studied impurities, i.e. their reactivity and the toxicity of NO. 
Regarding the impurities, O2 is a strong oxidizing and NO is a 
toxic gas which quickly reacts with air producing NO2 that also 
is a toxic gas. For avoiding the risks consequence of those 
processes, vacuum was made during at least two hours inside 
the experimental installations before introducing the studied 
mixtures into them, and a thorough leak search was carried out 
using leak detectors after the introduction. The latest and the 
use of polycarbonate transparent barriers around the 
experimental facilities to protect the users from possible 
accidental projections were the safety measures taken for 
avoiding risks derived from high pressures. 

The combined standard uncertainty values for the 
experimental data obtained in this work were calculated 
according to Ref. [17], suggested by NIST. 

The setup for the density and VLE measurements uses an 
Anton Paar DMA HPM vibrating-tube densimeter that is 
integrated in an installation designed for the accurate 
generation of p-ρ-T data for pure compounds and mixtures of 
defined compositions in the vapor and liquid phases and in the 
supercritical state. The available temperature ranges from 263-
423 K, and the pressure reaches 70 MPa. Detailed descriptions 
of the installation and procedures are available in a previous 
publication [18]. The fluid flow control, which was kept below 
0.005 MPa∙s-1, was improved by the automation of the valves 
that regulate the pressure variation during the measurement of 
each p-ρ-T isotherm. The optimization of the stability of the 
fluid flow ensures thermodynamic quasi-equilibrium through 
the quasi-static transformations, as indicated by the designers of 
the apparatus. The vibration period, τ, was determined by the 
densimeter with an uncertainty u(τ)= 2×10-5 ms given by the 
manufacturer. The temperature of the fluid inside the vibrating 
tube (measuring temperature) was measured by a 100 Ω 
platinum probe calibrated before this work [19], with the 
estimated standard uncertainty in temperature u(Τ)= 0.006 K. 
The stability of the temperature during the measurement of a p-
ρ-T isotherm was better than ±0.04 K. The pressure was 
determined using two pressure transducers (GE Infrastructure 

model PTX 611): one of them for pressures below 6 MPa and 
the other from 6 to 70 MPa. Both transducers were calibrated in 
our laboratory using of a Wika CPH 6000 calibrator, with an 
accuracy of 0.025% over the whole scale. The combined 
standard uncertainty in pressure, u(p), was 0.0020 MPa for p < 
6 MPa and 0.024 MPa for 6 MPa ≤ p ≤ 70 MPa [20]. 

The values of the combined standard uncertainty in the 
density, u(ρ), range from 0.20 to 0.40 kg/m3. They were 
calculated from the contributing uncertainties using the error 
propagation law as detailed in Ref. [21]. 

Applying the tangents method to the p-ρ-T data as described 
in Ref. [21], the VLE limits, dew pressure and bubble pressure, 
pdew and pbubble, respectively, and their combined standard 
uncertainties were determined. u(p) ranges from 0.022 to 0.034 
MPa. 

 
RESULTS AND DISCUSSION 

This section presents the experimental and calculated results 
obtained in this work, a discussion regarding the predictive 
capability of the EOS-CG [15] and the PC-SAFT EoS [16] to 
reproduce the obtained experimental data and the influence of 
O2 or NO on several design and operational parameters for 
transport, storage and injection. 

 
Results 

 

 
Figure 1 Densities, 𝜌𝜌, for Mix 1 (a) and Mix 2 (b) 

(symbols) and for pure CO2 [22] (dashed line) versus 
pressure, 𝑝𝑝, at the nominal temperatures, T. 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 381 of 1061



    

We measured 9 p-ρ-T isotherms per mixture for Mix 1 and 
Mix 2 (Table 1) at nominal temperatures of T = 263.15, 273.15, 
283.15, 293.15, 303.15 and 313.15 K and pressures up to 20 
MPa and at nominal temperatures of T= 333.15, 353.15 and 
373.15 K and pressures up to 30 MPa. The experimental data 
are represented in Figures 1 (a) and (b), together with the 
values corresponding to pure CO2 [22] for comparison. 

The density of each mixture increases with increasing 
pressure and decreasing temperature. The presence of 3.01 
mol% O2 in Mix 1 clearly reduces the density respect to that of 
pure CO2 along the whole ranges of T and p, while the densitiy 
of CO2 + 0.301 mol% NO is only slightly smaller than that of 
CO2. Both impurities can be classified as non-condensable. 

 
Figure 2 Densities, 𝜌𝜌, versus pressure, 𝑝𝑝, at the nominal 

temperatures, T, for CO2 + O2 from this work and literature 
[10,11]. 

 
In Figure 2 density data from literature [10,11] on CO2 + O2 

at 283.15, 293.15, 301.15 and 303.22 K are presented along 
with our results on this system at the same temperatures, 283.15 
and 293.15 K, or similar, 303.15 K. The bibliographic data and 
our results are consistent, although they are not directly 
comparable since Mix 1 contains 3% mol O2 and the 
compositions in the literature are 5 % mol O2 [10] and 6% mol 
O2 [11]. No density data were found for the CO2 + NO system. 

We experimentally found for the two studied mixtures that 
nominal temperatures of 263.15, 273.15, 283.15 and 293.15 K 
are subcritical. The results for the VLE are represented in 
Figure 3, together with the literature values corresponding to 
pure CO2 [22] and to the CO2 + O2 system [12-14]. 

The remainder of the studied temperatures were 
supercritical, and their respective isotherms showed continuous 
lines whose slope reached a maximum near the critical 
conditions of the mixture and diminished as the temperature 
increased. 
 
Comparison of the experimental and modeling data 

The physicochemical properties of anthropogenic CO2 can 
change dramatically during the CCS process since this fluid 
contains a high number of different impurities at different 
concentrations, and the T and p of the stream change in wide 
ranges along the different stages of the CCS technology. For 
this reason, it would be very useful an equation that allows 

calculating the properties of the fluid in the operating ranges. 
However, there is no an optimal EoS for its application to this 
technology [23,24]. 

W 
Figure 3 VLE for the binary mixtures and for pure CO2. Dew 
and bubble pressures versus temperature for Mix 1 (a) and 2 

(b) PC-SAFT (a) uses binary interaction parameters from [28], 
and PC-SAFT (b) from this work. 

 
The EOS-CG mixture model [15], a multiparametric 

equation based on the Groupe Européen de Recherches 
Gazières (GERG)-2008 model [25], and mainly developed for 
application to humid gases, combustion gases and CO2-rich 
mixtures of interest for CCS, is a hopeful advance. We have 
applied this equation to the CO2 + O2 mixture as implemented 
in TREND 4.0 software [26]. For CO2 + NO, EOS-CG does not 
contain the mixture model, nor do the rest of the versions of 
this equation available in the software used.  

Additionally, the PC-SAFT EoS [16], a perturbed-chain 
statistical associating fluid theory EoS, widely used in 
engineering applications, is also evaluated. The calculations 
were carried out using VLXE software [27]. For the CO2 + O2 
mixture the pure compound parameters and the binary 
interaction parameter were taken from [28]. The literature does 
not report PC-SAFT parameters for the CO2 + NO binary 
mixture, either for pure NO. We adjusted the NO pure 
compound PC-SAFT parameters from vapor pressure, saturated 
liquid density and heat capacity data of pure NO taken from the 
Design Institute for Physical Properties (DIPPR) database 
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available in VLXE software [27]. The CO2 pure compound 
parameters were taken from Ref. [16]. The CO2-NO binary 
interaction parameter was adjusted from our vapor-liquid 
equilibrium experimental results.  

The EoSs were evaluated by comparing the predicted values 
to our experimental data. The global average values of the 
mean relative deviations, MRDs, for each property X,  

  are shown in Table 2. For CO2+O2, EOS-CG, which 
presents lower deviations, provides a better reproduction of the 
experimental data than PC-SAFT, except for pdew. On the other 
hand, PC-SAFT predictions are better for CO2 + NO than for 
CO2 + O2 for all the studied properties. 

 
Table 2 Global average values, , of the mean relative 

deviations. 
 CO2 + O2 CO2 + NO 

EOS-CG PC-SAFT PC-SAFT 

 0.79 1.69 1.09 

%) 3.17 2.90 1.42 

%) 0.60 1.46 0.37 

%) 5.44 8.06 6.26 

%) 1.22 1.25 0.65 

 
 
Influence of O2 or NO on the transport, injection and 
storage of CCS technology 

The presence of impurities in the CO2 stream, its nature and 
concentration, affect the properties of the fluid and the values 
of the technical CCS parameters. In this section, we determine 
from our experimental data and calculated viscosities [29], 
selected parameters for transport, injection and storage, and we 
compare them with those corresponding to pure CO2. As 
transport parameters, the minimum operational pressure, the 
pressure and density drops along the pipeline and the inner 
diameter of the pipeline were determined [18]. Given that 
biphasic flow must be avoided, the minimum operational 
pressure must be the bubble pressure of the mixture at each 
working temperature, plus an adequate safety margin. As can 
be seen in Figure 3, the presence of 3 mol% of O2, which is a 
non-condensable impurity, increases the bubble pressure of the 
system with respect to pure CO2 at the same temperature, by a 
factor which diminishes with increasing temperature, from 1.5 
(at 273.15 K) to 1.2 (at 293.15 K). The pressure and density 
drops along the pipeline for the CO2 + O2 mixture are compared 
with those for pure CO2 in Figure 4, where it is shown that the 
presence of O2 results in faster pressure and density drops than 
in pure CO2. 

 

 
 

Figure 4 Pressure (a) and density (b) drops along the pipeline 
as a function of the distance, d, for Mix (1) in a 20 inch pipeline 
transporting a mass flow of 10 Mt/year, with a roughness height 

of 0.00015 ft, and an inlet pressure of 20.00 MPa. 
 

Figure 5 presents the needed inner diameter of the pipeline 
to transport a given mass flow at 283.15 K and three selected 
pressures and at 14 MPa and the studied temperatures, for Mix 
1 and pure CO2. The diameter is always larger for the mixture, 
with differences that increase with increasing temperature and 
decreasing pressure. Therefore, the four studied transport 
parameters show that the presence of O2 impairs the transport 
by pipeline, resulting in a higher minimum operating pressure 
and pipeline diameter, as well as a shorter distance traveled 
without recompression. 

For Mix 2 (CO2 + 0.301 mol% NO), being NO as well a 
non-condensable impurity, the bubble pressure is, at each 
studied temperature, slightly higher than the saturation pressure 
of CO2, with small differences equal or lower than 3%, which 
are not significant. The rest of the transport parameters could 
not be calculated due to the lack of viscosity data and 
calculation methods for them. 

The injection and storage parameters were calculated as 
normalized parameters, X/X0, where X is the value for the 
mixtures and X0 corresponds to pure CO2. The studied 
parameters were the storage capacity, M; the rising velocity of 

N: total number of points  
for each property 
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the plume inside deep saline aquifers, v; and the permeation 
flux, Ṁ [18]. These parameters were evaluated under storage  

 

 
Figure 5 Inner diameter of the pipeline, D, needed to 

transport a given mass flow, m, at 283.15 K and selected 
pressure (a) and at 14 MPa and the studied temperatures (b). 

 
conditions, i.e., temperatures from 303 to 373 K and pressures 
p > 7 MPa. The values obtained for the normalized parameters 
are represented in Figure 6. 

The presence of 3.01% mol of O2 reduces the storage 
capacity in relation to that of pure CO2 and increases the rising 
velocity of the plume after the injection. The highest 
differences are found at 303 and 313 K in the low pressure 
range, which correspond to the T and p conditions of shallow 
reservoirs. The permeation flux is the least affected parameter 
by the presence of the impurity, with the greatest variations 
respect to CO2 at 303 K. 

For Mix 2 (CO2 + 0.301 mol% NO), given the 
unavailability of viscosity values, we could only calculate 
M/M0, finding reductions in M of 1 to 5% at 313K and at 
pressures from 8 to 10 MPa. For the rest of conditions studied, 
values of M/M0 result approximately equal to 1. 

CONCLUSION  
We thermodynamically characterized two CO2 rich 

mixtures with impurity concentrations of non-purified 
emissions from oxy-fuel combustion processes [CO2 + 3.01 
mol% O2] (Mix 1) and [CO2 + 0.301 mol% NO] (Mix 2) within 

the operational ranges of the transport, injection and storage 
stages of the CCS technology. Thus, the results obtained allow 
us to evaluate the thermodynamic and hydraulic aspects of the 
CO2/O2 or NO co-capture for CCS. 

 

 

Figure 6 Normalized storage capacity, M/M0, (a), normalized 
rising velocity in saline aquifers, v/v0, (b) and normalized 

permeation flux, Ṁ/Ṁ0, (c) for Mix 1 at the studied 
temperatures T. 

 
The presence of the studied impurities reduces the density 

of both mixtures in relation to pure CO2, therefore showing the 
behavior of the non-condensable impurities, although the effect 
of NO with the concentration studied is practically irrelevant. 

. 

. 
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pbubble and pdew values in both mixtures are greater than psat 
of pure CO2 as expected for non-condensable impurities.  

From our experimental volumetric and VLE data, we 
validated the EOS-CG and the PC-SAFT EoS for Mix 1 and the 
latest for Mix 2 using parameters adjusted in this work. 

Regarding the calculated parameters of CCS technology, we 
conclude that the influence of O2 is negative for transport 
injection and storage, especially in shallow reservoirs, while 
NO with the studied concentration has a negligible effect. The 
chemical effects have not been considered.  
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ABSTRACT 
The physics underlying the exchange of heat and flow 

between the porous and non-porous regions in a composite 

porous-fluid system has not been fully understood. In the present 

paper, a composite porous-fluid system is investigated using 

pore-scale LES analysis where the complete flow field is 

resolved in the non-porous region and within the pores of the 

porous region. We study the effects of the Reynolds number on 

the flow leakage (flow leakage is the portion of the fluid pushed 

upwards to the porous-fluid interface due to the negative vertical 

pressure gradient inside the porous block) from the porous to the 

non-porous region. To discuss the influences of the Reynolds 

number on the flow leakage, discussions are made regarding 

velocity, pressure and temperature fields, coherent structures, 

and turbulence production. Flow visualization demonstrates the 

formation of organized counter-rotating vortex pairs (CRVPs) of 

fluid flow within and above the porous blocks due to the flow 

leakage. The CRVPs originate from the bottom of the porous 

block and move upwards altering the coherent structures of the 

flow above the interface. Moreover, iso-surfaces of vortex 

strength above the porous interface show a forest of vortices with 

a clear hairpin structure for all the cases. The distribution of 

streamlines indicates that the rotation of the legs of the hairpin 

structures is consistent with the CRVPs above the porous 

interface. Finally, it is found that all the above discussions about 

the flow structure and exchange of heat and flow between the 

porous and non-porous regions can be modified by changing the 

Reynolds number. 

NOMENCLATURE 
 

𝑆𝑖𝑗 Strain rate tensor (1/s) 

𝑡 Time (s) 

𝑢 Streamwise velocity component (m/s) 

𝑈 Velocity at the inlet (m/s) 

v Vertical velocity component (m/s) 

𝑥 Streamwise direction 

𝑦 Vertical direction 

𝑧 Spanwise (Lateral) direction 

Symbol 

𝛥 Filter width (m) 

𝜀 Porosity (-) 

𝜈 Molecular kinematic viscosity (m/s2) 

〈 〉 Time-averaged value (-) 

Subscript 

𝑟𝑚𝑠 Root mean square 

𝑆𝐺𝑆 Sub-grid scale 

Superscript 

̅  Filtered 

INTRODUCTION 
Turbulent flow in porous media is ubiquitous in nature and 

its understanding is central for unravelling the physics 

underlying the natural phenomena in food drying, and soil 

evaporation as well as fostering technological development in 

engineering applications including packed bed reactors, energy 

storage, and electronics cooling. In these natural and engineering 

applications, a step change in the fundamental understanding of 

flow in porous-fluid systems, which consists of a fluid-saturated 

porous medium and a flow passing over it is crucial for the 

characterisation and diagnostic analysis of such complex 

problems[1].  

There have been numerous experimental measurements and 

numerical simulations of fluid flow in channels fully or partly 

blocked by a porous medium. Partial blockage of the flow area 

adds another unknown to the problem: ‘the interface modelling 

of a porous and non-porous region’. Interface modelling remains 

a challenging question in the literature[2, 3]. While physically 

one expects much lower fluid velocity in the pores compared to 

that of free flow, capturing this sharp gradient at the interface can 

add to the difficulties of the numerical simulation. Beavers and 

Joseph [4] were amongst the first to show that sharp gradients at 

the interface between the porous and fluid regions exist. Their 

work highlighted the existence of a slip velocity at the interface. 

From there, authors have established different interface 

conditions that can be classified into two main types according 

to Alazmi and Vafai [5]: slip and no-slip boundary conditions. 

Those authors then establish five main categories for the 

hydrodynamic interface conditions that they critically examined. 

Experimental measurements of fluid flow in channels partly 

blocked by a porous show that there are obvious interactions 

between the porous region and the non-porous region passing 

over the porous block. Leu et al. [6] have investigated the flow 

passing through and over three porous structures with different 

porosities. Results reveal that above the porous structure there 

are complex interactions between the flow within the porous and 

the flow passing above the porous structure. Results show that as 

the structure porosity increases, the flow velocity, turbulence 

intensity and Reynolds shear stress all decrease. Suga et al. [7] 

also have used PIV to conduct an extensive investigation on the 

effect of the permeability and Reynolds number on the flow over 

a permeable layer. Findings show that the normal-wall Reynolds 

stress is enhanced by an increase in the permeability of the 

permeable wall or bulk Reynolds number. This tendency is not 

seen in the streamwise component. This enhancement of the 

wall-normal stress near the permeable layer is attributed to the 

weakening of the blocking effect of the permeable boundary, 
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which in turn contributes to a higher level of Reynolds shear 

stress at the interface. 

In the present study, the flow features for a channel partially 

filled with three Re numbers are investigated numerically using 

a detailed pore-scale large eddy simulation (LES) approach. LES 

approach is a high fidelity turbulence modelling that captures 

both laminar and turbulent flow behaviours that occur in this 

study. Therefore LES is utilized in the present study.  The effect 

of the porous block on the coherent structures and the large 

reverse flow pattern along the top surface of the block is 

investigated. Moreover, the effect of the flow leakage from the 

porous region to the non-porous region on coherent structures is 

examined in detail. 

COMPUTATIONAL DOMAIN & BOUNDARY 
CONDITION 

The computational domain is a channel partially filled with 

a porous block depicted in Figure 1. The porous block is formed 

from a rectangular cross-section ligament with a thickness of 

0.26D where D is the consecutive distance between two 

ligaments. The blockage ratio (i.e., the ratio of the height of the 

porous region to the channel height) is 0.5 in all cases which is a 

typical value that is utilized for fundamental studies such as the 

present paper[8, 9]. The computational domain has the 

dimensions of 70D, 6D, and 5D in the x, y, and z directions, 

respectively. The flow Reynolds numbers (based on the channel 

hydraulic diameter) are 3600, 7200 and 14400.  

 

 
Figure 1 Computational domain; Porous block formed 

from rectangular cross-section ligament (porosity 46.4%); 

The blue line lies over the crest plane and the red line lies 

over the trough plane 

NUMERICAL METHOD 
The LES filtered equations are acquired as in Eqs. (1) – (2): 

𝜕𝑢𝑖
𝜕𝑥𝑖

= 0 (1) 

𝜕𝑢𝑖
𝜕𝑡

+
𝜕

𝜕𝑥𝑗
(𝑢𝑖𝑢𝑗) = −

1

𝜌

𝜕𝑝

𝜕𝑥𝑖
+

𝜕

𝜕𝑥𝑗
((𝜈 + 𝜈𝑆𝐺𝑆)

𝜕𝑢𝑖
𝜕𝑥𝑗

) (2) 

where, 𝑢𝑖, and  𝑝 are the filtered velocity in 𝑖th direction, the 

and pressure respectively [12]. The filter function is taken as a 

simple box filter, 𝛥, with filter width equal to the cube root of 

cell volume. In the present study, the 𝜈𝑆𝐺𝑆 is modelled using the 

dynamic SGS turbulent kinetic energy model Davidson [10]. 

The filtered governing equations are discretized by 

implementing the finite volume method. All the computations 

are carried out in the open-source object-oriented C++ 

programming in the OpenFOAM CFD package[11]. The second 

order central difference scheme is adopted for spatial 

discretization. The implicit second-order backward difference 

scheme is used for the time integration. The PISO is taken on for 

the pressure–velocity coupling in all the present simulations[12]. 

To accurately capture the evolution of the flow features, the 

physical time step is chosen for each grid such that the CFL 

number is kept below unity. This is true for the most refined 

portions of each grid enforcing a constant time step of 

Δt=1×10-5 𝑠. Time averaging process is begun when the initial 

transient conditions are washed out and a semi-steady state 

operating condition is reached. All the present numerical results 

are averaged over a period of 490 non-dimensional time units 

(𝑡∗ = 𝑡 × 𝑈/𝐷 ), where 𝑈 is the flow mean velocity at the 

channel inlet. The computational domain is discretized into 10.3 

million non-uniform cells with a minimum grid spacing of 0.01D 

in the x, y, and z directions. The grid resolution is assessed based 

on the two-point correlation that has been implemented by [13]. 

it is found that at least 6 cells have been included in the vertical 

integral length scale seeming to be sufficient [14]. 

VALIDATION OF NUMERICAL MODELS 
The developed LES solver has been validated with respect to 

the experiment [6]. compares the present LES results and 

experimental data for streamwise and vertical velocity 

components, Reynolds shear stress and turbulent kinetic energy 

above the porous block in the wake region at 𝑋 𝐻⁄ = 3. The 

figure shows that the developed LES model can predict well the 

experimental data at locations above the porous block and in the 

wake downstream of the porous block. 

   
a) Streamwise 

velocity 

b) Vertical velocity c) Turbulent kinetic 

energy 

Figure 2 Comparison of velocity profiles and turbulent kinetic 

energy TKE = 0.5 (𝑢′2 + 𝑣′2 + 𝑤′2) obtained from the 

present LES study (solid lines), against the experimental 

measurements (symbols) [6] 
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RESULTS AND DISCUSSION  
Contours of time-averaged streamwise velocity on the 

trough plane (see Figure 1) for the three Re numbers are 

presented in Figure 3. It is seen that the velocity fields are similar 

for the three cases. As it can be seen the porous media allow the 

flow to penetrate the void spaces (pores) of the porous block. 

Consequently, the velocity magnitude is reduced in the clear 

region above the porous block, and the reverse flow pattern on 

the top surface of the porous block usually observed for the solid 

block has deteriorated. The figures show that for all cases, there 

exists a recirculation region downstream of the blocks. 

Vertical distributions of time-averaged streamwise velocity 

through and above the porous region for Re=3600 are shown in 

Figure 4. As revealed in Figure 4 the velocity profiles have a 

non-uniform wavy shape within the porous block due to the 

geometrical characteristics of the pores. Besides, the streamwise 

velocity within the porous regions experiences an acceleration 

and deceleration continuously due to contractions and 

expansions of the flow as it passes through the pores. 

 

 
a. Trough plane (Case1, Re=3600) 

 
b. Trough plane (Case2, Re=7200) 

 
c. Trough plane (Case3, Re=14400) 

Figure 3 Contours of time-averaged streamwise velocity on 

the trough plane for three Re numbers (front view) 

 

The figures also show an important channeling effect when 

the flow passes through the gap between the ligaments and the 

bottom wall. Mean velocity profiles at various streamwise 

locations in Figure 4 demonstrates that as the flow moves 

downstream, the velocities within the porous region are retarded 

by the presence of the porous medium and flow leakage from the 

porous block to the non-porous region. The results are consistent 

with the contours of streamwise velocity on the trough plane for 

the porous block discussed in Figure 3. 

 

 
a. Crest plane 

 
b. Trough plane 

Figure 4 Vertical distributions of non-dimensional time-

averaged streamwise at Re=3600 

Figure 5 shows the contours of time-averaged vertical velocity. 

The very first visible feature is that some portion of the fluid 

entering the porous blocks is pushed upwards toward the porous-

fluid interface and leaves the porous region halfway through to 

the clear region (positive leakage). This phenomenon is 

represented by the horizontal distributions of time-averaged 

vertical velocity on the interface region for three cases with 

different Re numbers in Figure 6. Figure 6 displays the 

horizontal distribution of the time-averaged vertical velocities on 

the interface for the three cases. The vertical velocity lessens by 

moving downstream along the interface; meaning that the flow 

leakage decreases from the leading edge toward the downstream. 

Also, as illustrated in Figure 5, flow leakage reduces as Re rises 
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which is quantified clearly in Figure 6. A comparison of vertical 

velocities at different streamwise locations (x/D) implies that the 

lower Re number possesses a higher vertical velocity and 

consequently a higher flow leakage. 

 

 
a. Trough plane (Re=3600) 

 
b. Trough plane (Re=7200) 

 
c. Trough plane (Re=14400) 

Figure 5 Contours of time-averaged vertical velocity for three 

Re numbers 

 

 
Figure 6 Horizontal distributions of time-averaged vertical 

velocity on the interface region for three cases with different 

Re numbers 

To accurately compare the flow leakage for three Re 

numbers, Table 1 presents the absolute and relative flow rates 

that drip from the porous block into the non-porous region up to 

streamwise locations 𝑋 𝐷⁄ = 2.5, 5, 7.5. 𝑄𝑖𝑛 illustrates the time-

averaged flow rate that enters the porous block from the 

windward face and 𝑄𝑙𝑥  is the time-averaged flow rate that leaks 

from the X-percentage of the interface surface. Table 1 indicates 

that the higher the Re number, the larger the flow rate entering 

the porous block (𝑄𝑖𝑛). In addition, more than 60% of the flow 

entering the porous blocks exits from the porous interface before 

𝑋/𝐷 = 7.5 for three Re numbers; this even intensifies when the 

Re number decreases (84% for Re=3600). Finally, relative flow 

rates (𝑄𝑙𝑋 𝑄𝑖𝑛⁄ ) at each streamwise section in Table 2 support the 

discussions of Figures 5 and 6 demonstrating that increasing the 

Re number reduces the flow leakage (𝑄𝑙𝑥). Finally, relative flow 

rates (𝑄𝑙𝑋 𝑄𝑖𝑛⁄ ) at each streamwise section in Table 2 support the 

discussions of Figures 5 and 6 demonstrating that increasing the 

Re number reduces the flow leakage (𝑄𝑙𝑥). 

 

Table 1 Absolute and relative values of flow rate that 

leaks from the porous blocks at different Re numbers 

 
 

Re=3600 Re=7200 Re=14400 

𝑄𝑖𝑛 × 104  1.54 3.51 7.42 

𝑄𝑙𝑋 𝑄𝑖𝑛⁄ × 100 𝑋 = 2.5D 44 36 33 

𝑄𝑙𝑋 𝑄𝑖𝑛⁄ × 100 𝑋 = 5.0D 68 59 52 

𝑄𝑙𝑋 𝑄𝑖𝑛⁄ × 100 𝑋 = 7.5D 84 72 62 

Side views of the positive leakage from the porous blocks 

are shown by streamlines in Figure 7. The figure demonstrates 

the upwards tendency of the flow that passes through the porous 

gap and bleeds into the clear region. Moreover, counter-rotating 

vortex pairs (CRVPs) of fluid flow within and above the porous 

blocks are evident from the side view representation of the flow 

field in Figure 7. The figure clearly shows that the CRVPs 

originate from the bottom of the porous block and move upwards 

in the y-direction. It is worthwhile to notice that the extent of the 

CRVPs inside the porous region is constrained by the size of the 

pores; however, above the interface, their sizes are larger and 

almost comparable with the size of the ligaments. 

 

a. Vertical velocity (Re=3600) 
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b. Vertical velocity (Re=3600) 

 

c. Vertical velocity (Re=14400) 

Figure 7 Side view contours of time-averaged vertical 

velocity components, and streamlines on trough planes at 

x/D=2; Top: Re=3600, Middle: Re=7200, and Bottom: 

Re=14400 

Figure 8 shows iso-surfaces of vortex strength that exhibit a 

forest of vortices with clear hairpin structure: a spanwise-

oriented ‘head’ connected to counter-rotating quasi-streamwise 

‘legs. The flow patterns over the porous blocks are almost like 

those in impermeable wall boundary layers reported by Adrian 

et al. [18]. As they discussed, the vortex head in Figure 8 

corresponds to a hairpin vortex signature aligned in the 

streamwise direction. However, for the first case with Re=3600 

in Figure 8 (a), the hairpin structures are well-organised as it 

cannot be noticed for the higher Re numbers (Figure 8 (b-c)); it 

is nearly difficult to visually detect distinctive flow patterns of 

vortex heads. Figure 8 (b-c) demonstrates the sense of rotation 

of the legs of the hairpin structures that is consistent with the 

positive and negative streamwise vorticity above the porous 

interface demonstrated in Figure 7. 

 

 

Figure 8 Three-dimensional hairpin coherent structures 

identified by instantaneous iso-surface of 𝑄-criterion coloured 

by time-averaged streamwise vorticity 

 

Iso-surface of pressure and vertical velocity fluctuations are 

depicted for three Re numbers in Figure 9. The fluctuations for 

Re=3600 indicate that no turbulence exists at the leading edge 

up to approximately x/D=4.6. This region is characterized by the 

hairpin vortices as shown in Figure 8. At nearly x/D=4.6, the 

turbulence production initiates leading to the sudden growth of 

fluctuations as observable in Figure 9(a-b). The sudden rise of 

turbulence production at this point for Re=3600 coincides with 

the emergence of Kelvin‐Helmholtz instability vortices as can be 

seen in Figure 8(a). The Kelvin‐Helmholtz instabilities vortices 

 
a) Isometric view (Re=3600) 

 
b) Isometric view (Re=7200) 

 
c) Isometric view (Re=14400) 

Figure 1 Three-dimensional hairpin coherent structures identified by instantaneous iso-surface of 𝑸 =
𝟎.𝟓 × ( 𝛀 𝟐 −  𝑺 𝟐)  criterion coloured by instantaneous streamwise velocity 
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then roll up along the shear layer above the interface plane and 

develop downstream as their evolutionary pathways can be 

perceived in Figure 9 by region with relatively higher values of 

turbulent fluctuations. At higher Re numbers, the sudden rise of 

turbulence fluctuations occurs just after the leading edge as 

shown in Figure 9(c-f). This confirms the formation of Kelvin‐

Helmholtz instability vortices just at the leading edge for higher 

Re numbers. 

 

Figure 9 Iso-surface of pressure and vertical velocity 

fluctuations for three Re numbers 

CONCLUSION  
Pore-scale LES investigation has been conducted to better 

understand the flow features of a channel partially filled with a 

porous block. Results show that the boundary layer at the porous-

fluid interface is continuously disrupted by the positive leakage 

across the interface. It is also explained that positive leakage has 

a noticeable effect on the flow separation and reverse flow at the 

upstream edge of the porous block, coherent structures, and 

turbulent intensity above the porous-fluid interface. Moreover, 

LES results indicate that more than 60% of the flow entering the 

porous blocks exits from the porous interface before 𝑋/𝐷 = 7.5 

for three Re numbers; this even intensifies when the Re number 

decreases (84% for Re=3600).  
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ABSTRACT 

Precise control of microscale fluid flow plays a significant 

role in biotechnology applications. Microfluidics structures, 

such as microcavities, have been widely applied in various 

biomedical, biochemical, and high-throughput screening 

applications. However, the particles trapping mechanism into 

microchannels are not fully understood yet and demands further 

research. Particles separation and trapping can be performed 

using various techniques. In the present work, investigations 

are focused on inertial microfluidics. Hydrodynamic forces, 

such as wall-induced and shear-induced lift forces, are 

employed to control particle behaviour in the microcavities. 

In this work, the capabilities to trap microparticles in 

rectangular microcavities with rounded bottom corners are 

investigated experimentally. Also, microparticles' behaviour in 

the microchannels and microcavities are analyzed depending on 

cavity geometry and Re number. A Series of experimental 

investigations are performed at different Re numbers to 

determine threshold values of particles that are trapped in a 

micro vortex and pass microcavity without trapping. Also, the 

behaviour of microparticles is related to the flow structure in 

the cavities. Therefore, flow fields obtained by micro-PIV 

equipment are used to ascertain flow structure influence on 

particle behaviour. Fundamental knowledge and its 

generalization of particle trapping and overall behaviour 

regularities depending on controlling parameters, such as 

geometry and flow regime, will serve as a roadmap to aid the 

development of the optimal design of micro-and nanofluidic 

devices. This study extends the research area of flow dynamics 

in microcavities where shear layer growth is caused by the 

interaction of separated and recirculated flows. 

INTRODUCTION 

Particle separation and trapping has been extensively 

studied for more than a decade in various science fields, such as 

biomedicine, chemistry, electronics industry, etc. In 

microfluidics, microscale structures have been used in various 

lab-on-chip and micro-total-analysis systems where cell 

trapping and separation play a major role [1–3]. One of the 

main science fields which requires cell trapping method 

improvements is the biomedicine. Much attention is paid to 

trapping, docking, and size-based separation of cells and 

particle problems [4]. The separation of particular cells from 

biological samples is critical in clinical applications for 

subsequent diagnosis and analysis. Isolating certain rare 

circulating cells from blood samples, such as circulating tumour 

cells (CTCs) [5], is mandatory to use these cells as clinical 

indicators. Microparticle trapping occurs in practical 

applications such as lymphocyte separation for blood to 

perform HIV tests, stem cell enrichment, or disease detection. 

Particle separation and trapping can be performed using various 

techniques; therefore, the present investigation is focused on 

inertial microfluidics.  

Hydrodynamic trapping is usually applied to separate the 

target particle from the main flow utilizing barriers, 

obstructions, or cut-outs in microchannels. Inertial forces focus 

on different-sized particles at different locations where they can 

be selectively separated. Zhou et al. [6] investigated particle 

trapping in micro vortices mechanism by changing the size of 

the trapping region, particle concentration, and flow 

parameters. The authors found that trapping is dictated by Re 

number, which exceeds the threshold value that triggers the 

particle in the vortices. Also, particle trapping and separation 

processes depend on external disturbances such as pulsating 

flow [7]. Therefore, it has a positive influence on the liberation 

of particles that were trapped in vortices. Usually, simple 

square or rectangular open-type cavities shapes are employed. 

Park et al. [8] investigated the influence of microcavity shaping 

the ability to trap a single cell. It was shown that the equilateral 

triangle shape provides the best results because it has the 

strongest recirculation pattern in the microcavity. However, 

simulations were performed only at very low Re numbers, and 

it remains unclear how particle behaviour changes in different 

shapes of cavities at higher flow rates. Dhar et al. [5] 

demonstrated that cell trapping in the microcavities might be 

controlled by changing channel dimensions before the cavity. 

Narrowing the entry channel leads to higher trapping 

efficiency. The single-particle behaviour inside microcavity 

was studied by Shen et al. [9]. The authors concluded that 

particle orbit depends on the size and density of the particle and 

affects trapping and sorting in the cavity. In their later study, 

Shen et al. [10] investigated the influence of microcavity 

trailing walls on the trapping behaviours of a single particle. 

The authors determined three different trapping phenomena 

depending on the cavity aspect ratio and flow conditions. It was 

experimentally shown that particle trapping behaviour depends 
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on particle dynamics and micro vortex structure, which depends 

on microcavity geometry. In this study, the authors changed the 

only length of the cavity while width and depth were fixed. 

This study aims to investigate flow structure and particle 

behaviour in semi-circular cavities depending on cavity length-

to-depth ratio and Re number. Flow structure is experimentally 

analyzed using the micro-PIV method, and particle tracking 

velocimetry is employed to investigate particle movement in 

cavities. Particles' behaviour is associated with flow structure, 

and guidance for passive control of particles in the cavity are 

presented.  

MATERIALS AND METHODS 

Flow structure measurements in the cavity are performed 

using micro-particle image velocimetry (μPIV) system. 

Experimental measurements were conducted in microchannels 

with cavities varying in length and depth. The channel chip is 

made from Plexiglass (PMMA). The channel is of rectangular 

cross-section with width 0.9 mm and height h = 0.4 mm. Semi-

circular cavities are located on both sides of the channel. Four 

different cavities' length-to-depth ratios, namely, 1, 1.3, 1.67 

and 2, are chosen for investigation.  

The μPIV system provided by Dantec Dynamics consists of 

double pulsed neodymium-doped yttrium aluminium garnet 

(Nd: YAG) laser (λ = 532 nm), laser control system LPU 450, 

FlowSense EO CCD camera providing an image field of 2048 

× 2048 pixels mounted on the inverted Leica DM ILM 

microscope. The microscope is equipped with a dichroic mirror 

used to filter out background noise, and only florescent light 

from excited tracer particles can reach the camera. 1 μm 

diameter tracer particles (Invitrogen) with a specific gravity of 

1.05 were used, with particles excitation and emission 

wavelengths of 535 nm and 575 nm, respectively. The fluid 

flow is generated with Elveflow OB1MK3 pressure controller 

ensuring inlet pressure up to 8 bar(g). 

Neutrally buoyant polystyrene 20 µm in diameter particles 

are used in this work for particle behaviour investigations. 

Particles are mixed in deionized water, a 1 % v/v of Tween 20 

is added to avoid particle coagulation and channel clogging. 

DynamicStudio software is used to analyze PIV data; 

additionally. The image pairs of tracer particles were captured 

at 15 Hz frequency with the time interval in the image frames 

varied from 5 × 10−3 s to 1×10−5 s depending on the flow rate. 

Time-averaged velocity data were obtained by averaging flow 

images for at least 10 s of flow. An adaptive correlation  

lgorithm was applied for image processing. A spatial  esolution 

of 20.6 μm × 20.6 μm and depth of correlation of 42.4 μm were 

achieved. ImageJ is employed to perform particles tracking.  

RESULTS AND DISCUSSION  

Flow structure in the cavity 

A series of flow fields measured in the mid-plane of cavities 

are shown in Fig. 1. The results displayed correspond to 

different cavity length-to-depth ratios changing from 1 to 4 and 

four different Re numbers. As it can be seen, flow in the 

cavities features three distinctive flow patterns depending on 

Re, namely attached, transitional, and separated flow. Such 

flow structure classification is prevalent in this type of research 

[9,11] 

In the case of a short and deep cavity (L/h = 1), a 

recirculation zone is formed in the cavity throughout the whole 

Re range. At low Re, the vortex is small and located at the 

bottom of the cavity. As Re increases, the vortex grows larger 

and gradually fills the whole cavity. At Re = 100, the vortex is 

already reached size. As Re further increases, only the vortex 

centre changes its location, shifting slightly downstream. As the 

cavity size increases to L/h = 2, the recirculation zone is absent 

in the cavity; thus, the flow is attached. As Re increases up to 

Re = 10, a small recirculation zone is formed behind the 

leading edge of the cavity. The flow topology contains both 

separated and attached flow features; therefore, flow topology 

is called transitional. At Re = 100 and Re = 1000, whole cavity 

is filled with recirculation zone. In this case, the shift of the 

vortex centre from the vicinity of the leading cavity edge to the 

trailing edge is clearly visible. The shift is determined by higher 

kinetic energy transfer from the shear layer to the recirculation 

zone due to higher flow velocity. Similar flow topology is 

observed in L/h = 3 and L/h = 4 cases. It should be noted that 

particles can be trapped only in a separated flow case. In the 

case of attached flow, particles simply follow streamlines and 

leave the cavity. In the case of transitional flow, particles may 

be trapped in the recirculation zone, but after several rotations 

around the vortex centre, the particle leaves the cavity [9]. 

 
Fig. 1. Flow fields in the rectangular cavity at different length-

to-depth ratios and Re numbers 

 
Fig. 2. Phase diagrams of the cavity flow topology regimes of 

rectangular cavities 

Particle behaviour in cavities 
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Stokes number for particles immersed in water is Stk>> 1; 

therefore, particles follow flow streamlines and may be trapped 

in recirculation zones. Visualized particles' tracks are presented 

in Fig. 3. Instantaneous particles images over 1-2 seconds of 

flow are stacked together, thus visualizing particle patches. 

Cases of Re = 10 and 200 are presented in Fig. 3. Due to 

limited equipment capabilities, particle tracing at a higher Re 

number couldn't be performed. Selected Re numbers cover 

attached, transitional and separated flow regimes in different 

cavities cases. 

In the case of L/h = 1, at Re = 10 (Fig. 3a), particles enter 

the cavity and follow a single streamline in the recirculation 

zone. The particle enters the cavity at the edge of the cavity's 

trailing edge. However, it can be seen that the particle leaves 

the cavity at the trailing edge after a single rotation in the 

cavity. As Re number increases (Fig. 3b), additional particle 

orbit is observed in the vicinity of the vortex centre. Also, a 

thicker outside orbit indicates more particles falling into the 

recirculation zone. Measured particle patch correlates well with 

results presented by Shem et al. [9] and Zhou et al. [6]. 

In the case of L/h = 2, at Re =10 (Fig. 3c) it is clear that 

particles follow streamlines. Most of the particle bridges the 

cavity without entering deep into the cavity. Also, weak 

contours of the vortex located behind the leading edge of the 

cavity are observed. Considering blurred contours of the corner 

vortex, it could be stated that only few particles are attracted 

into the vortex and stay in it for a short duration. Interestingly, 

no particles are observed in the cavity at Re = 200 (Fig. 3d). 

The time required for lateral migration may be too short at 

given Re [6]. Conversely, particles enter the cavity in the case 

of L/h = 1 (Fig. 3b) at the same Re; however, a vortex is 

stronger in the smaller cavity; therefore, shear lifting lateral 

force may be stronger and sufficient to attract particles into the 

cavity [6]. 

As cavity length increases to L/h = 3 and L/h = 4, it could 

be seen that particles precisely follow streamlines. As the small 

vortex behind a leading cavity wall is weak (Fig. 3 e and g), 

only a small number of particles are attracted to it and leave it 

promptly, as blurry vortex contours indicate. At higher Re (Fig. 

3 f and h), particles are trapped in the cavity, indicating a clear 

particle patch overlapping with flow streamlines. However, the 

particle path leading out of the cavity at the trailing edge of the 

cavity is visible in the case of L/h = 4 at Re = 200 (Fig. 3h), 

indicating that particle trapping is not permanent. 

 

Fig. 3. Particles patches in cavity at different Re a) L/h = 1, Re 

= 10; b) L/h = 1, Re = 200; c) L/h = 2, Re = 10; d) L/h = 2, Re 

= 200; e) L/h = 3, Re = 10; f) L/h = 3, Re = 200; g) L/h = 4, Re 

= 10; h) L/h = 4, Re = 200 

CONCLUSIONS 

In this study, flow topology in rectangular cavities with 

different length-to-depth ratios in the range of L/h = 1–4 and a 

wide Re range of Re = 1–1000 was investigated 

experimentally. Additionally, the behaviour of 20 µm particles 

in cavities was studied, along with the cavities' ability to trap 

particles inside the recirculation zone was studied in Re number 

range of 10 -200. 

Three distinctive flow regimes, namely attached, 

transitional and separated, are observed in cavities depending 

on the length-to-depth ratio and Re. Flow topology 

generalization depending on geometry and flow regime, is 

anticipated to serve as a valuable roadmap to help design 

particles trapping applications.  

It was shown that 20 µm diameter microparticles follow 

streamlines in the cavity. In most cases, particles are attracted 

into the recirculation zone; however, permanent particle 

tracking was not observed. Instead, particles leave the cavity 

after turning around the vortex centre several times or leave the 

measurement plane due to the transverse velocity component. 
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ABSTRACT 
In this study, convection heat transfer for a newly developed 

fin model of an air-cooled heat exchanger has been numerically 

and experimentally investigated at various airflow velocity and 

heat flux boundary conditions. One-dimensional parametric 

analyses were carried out with the fin design software internally 

developed by our team to obtain the optimum fin model 

geometry for the experimental study. A comparison has been 

made between the results of one-dimensional analysis and 

computational fluid dynamic analysis. Optimum fin geometry 

was obtained by using fin design software. A 10:1 scale Fin 

model was produced by using the additive manufacturing 

technology method for experimental study. The open-loop wind 

(EIFFEL) tunnel located at the R&D Center of FRITERM Inc. 

was used to perform the experimental study. During the 

experimental study, the surface temperature of the copper plates 

which were in contact with the plate resistant heaters was 

measured for constant heat flux. In order to maintain the constant 

heat flux during the experiment, the temperature difference 

between the inlet and outlet of the test chamber was also 

observed. For the numerical model, the scaled fin model within 

the test chamber was analyzed in 3D using a commercial 

computational fluid dynamics program. The computational 

numerical model has been initially checked for mesh 

independency. The results which are obtained as a result of the 

experimental studies and the outputs of the commercial CFD 

software were compared. 

As a result of the comparisons, it has been observed that the 

new fin model simulated independently of production tolerances 

in the computer environment and tested in the wind tunnel and 

which is produced by additive manufacturing show similarities. 

As a result of these observations, it is aimed to develop a 

mathematical model in which the heat transfer coefficient of the 

new fin model can be expressed mathematically. 

INTRODUCTION 
Heat exchangers are used to transfer thermal energy 

between two or more environments and there are various types 

for different industrial applications. Compact heat exchangers 

and finned tube heat exchangers are some of these important 

types. The advantage of compact exchangers is that they have a 

high volumetric heat transfer area. Therefore, volume and weight 

are reduced and efficiency is increased. [7] Heat exchangers are 

widely used in gas-gas and liquid-gas applications in the 

cryogen, microturbine, automotive, chemical processes, marine, 

aerospace, heating, cooling, and air conditioning industries. 

Geometrically, these heat exchangers are in the form of finned 

tube and finned plate. The materials used are copper or 

aluminum tubes and plates on the liquid and fins on gas sides. 

Since the heat transfer coefficient on the airside is significantly 

smaller than the liquid side, the airside is the dominant side in 

the heat transfer coefficient. [9] 

There are two ways of improving the heat transfer on the 

airside. The first is to increase the surface area outside the tube. 

In other words, the surface is expanded by adding circular or 

plate-type fins to the outer surface of the tube. The second is to 

increase the air velocity. In other words, it improves the heat 

transfer by increasing the heat transfer coefficient. [4] In this 

case, it is desired that the air velocity should not exceed a certain 

value, since the water entrainment is increased in case of 

pressure loss and condensation. In addition, since the increase in 

air velocity will increase the fin efficiency, then the heat transfer, 

as a consequence will also be affected positively. [3] 

Optimization of thermal systems has an important role in 

improving heat transfer. In finned-tube heat exchangers, the 

thermal performance, besides fin type and fluid properties also 

depends on lots of parameters such as geometric parameters, 

tube diameter, tube arrangement, fin thickness, the distance 

between fins, number of tube column, number of tube rows. 

NOMENCLATURE 

Q [W] Heat Capacity 

V [W] Heat Capacity 
Ac [m2] Cross-Section Area 

m [kg/s] Mass Flow Rate 

Cp  [J/kgK]  Specific Heat Capacities 
ΔT  [K] Temperature Difference  

h [W/m2K] Heat Transfer Coefficient   

𝛥𝑇𝑙𝑚 [K] Logarithmic Temperature Difference  

𝐴𝑠 [m2] Heat Transfer Surface Area 

The purpose of the study is to examine a newly developed fin 

model for finned tube heat exchangers. Newly developed fin 

model is being inspired from metal foam structure. Use of metal 

foam is aiming to increase the performance of the heat exchanger 

due to dispersion and low density. Therefore, the use of metal 

foams in the manufacture of compact heat exchangers for 

refrigeration and air conditioning systems has a high potential. 

[7] Metal foam also has a porosity range is between 0.4 - 0.6. [6]

A Model with arranged structure with high porosity (ε > 0.9) was

used in this project. The work carried out in this project has

aimed to examine the heat transfer coefficient of the newly

developed fin model under various boundary conditions

(velocity, heat flux) experimentally, analytically, and

numerically.
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For analytical work Gnielinski correlation [1] has been used 

in 1-Dimensional thermal design. Dittus-Bolter [10] and similar 

correlations are also available in the literature. However, when 

the Reynolds number increases in complex geometries, the 

deviation in the Dittus-Bolter correlation increases. Therefore, 

the Gnielinski correlation, which is more suitable for complex 

geometries and can also be used at high Reynolds numbers, has 

been used. The Gnielinski Correlation which is referred to as 

legend in the result graphs, represents 1-Dimensional thermal 

design. Gnielinsnki correlation can be written as following (See. 

Equation 1).  

 

𝑁𝑢𝐷ℎ =
(𝑓/8)(𝑅𝑒𝐷ℎ−1000)𝑃𝑟 )

1+12.7(
𝑓

8
)1/2𝑃𝑟2/3−1

                               (Eq.1) 

     

The newly developed Y-shape fin model used in 

experimental work could be seen in Fig.1. 

  
Figure 1. New Arranged Porous Media Y Fin Model 

EXPERIMENTAL METHOD 
Experimental studies were carried out on the fin model 

produced by the additive manufacturing method at different 

velocities and heat fluxes, and to compare with other different 

fin models. Experimental studies were carried out on the wind 

tunnel located at FRITERM R&D Center. 

The Wind Tunnel at FRITERM R&D Center can be used as 

open-loop or close-loop. An open-loop wind tunnel was used for 

the tests to be carried out in this study. 

 

Figure 2. FRITERM Co. Wind Tunnel 

Siemens® QVB62.1 Velocity sensor was used to determine 

the velocity in the Wind Tunnel. The Siemens Velocity sensor 

was verified with the Testo 405i calibrated velocity probe. The 

comparison curve of these two sensors is given in figure 3. 

 

Figure 3. Siemens QVB6.2 and Test 405i Velocity Sensor 

19 T-type thermocouples were used to measure the 

temperature at various points to determine the temperature 

distribution on the fins. The uncertainties of the thermocouples 

and velocity probe were calculated and shown in Table 1. Values 

taken from the thermocouple were recorded by the Agilent 

Datalogger 34970A data collection device. Heating plates are 

placed in the system layout to provide a constant heat flux. The 

heaters were manufactured to provide a power of 500 Watt as 

lower and upper heaters on both top and bottom surfaces. To 

control the power of the heaters, 0-10 V ENDA Erva1(SSR) 

heater control was used.  

 

Table 1. Uncertainty Value Table 

Measurement Measurement Device 
Measurement 

Range 
Uncertainty 

(%) 

Temperature 
Type T 

Thermocouple 
-200°C to 200°C 0.75 

Velocity 
Siemens Air Velocity 

Sensor 
0-20 m/s 3 

Data Datalogger 0.05 C 0.008 

Heat Capacity   3.092 

Heat Transfer 
Coefficient 

  3.181 

 

The prototype of newly Y-shaped fin model was placed in 

the test room and the tests were carried out. The heat transfer 

coefficient obtained from the software was compared with the 

heat transfer coefficient of the model as a result of experimental 

study under the same boundary conditions. Two plate heaters of 

500 Watt each were used at top and bottom of the fin model The 

heat transfer coefficient was calculated from the measured data 

from the surface temperature of the copper plates at various heat 

fluxes and airflow velocity. 

 

Figure 4. Test Section 
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   A nozzle consisting of two contraction plates was placed in 

between the front of the fin model and the entrance of the test 

room. The nozzle is used in order to provide uniform airflow 

over the fin model and prevent secondary flows and thus 

fluctuations. Air velocity is measured at the Test Section 

entrance. The velocity values given in the test results are the test 

section entry velocity. If we simplify the continuity equation 

assuming that the density does not change for the same flow, the 

equation 2 can be written. [10] 

𝑣1𝐴1 = 𝑣2𝐴2      (2) 

Thus, the air velocity entering the fin model could be 

calculated. Verification was made with two different velocity 

probes. 

           

Figure 5. Test Section Materials of layer Structure 

The experiments were carried out for the constant heat 

values of 400 Watt, 600 Watt, and 800 Watt. A Wind tunnel has 

a limitation of velocity. Pressure loss is high in the test section 

because of geometry and insulation layers. Due to this situation, 

velocity limitation is less than the default value. Therefore, no 

experiment was not carried out at high velocity. The air 

temperature in the test section should not exceed 50 °C for safety 

reasons. Therefore, heat values are limited to at most 800 Watt. 

Experimental results were evaluated by comparing with 

MathCAD® software results. The comparison values as the 

results of MathCAD® software are air outlet temperature and 

surface temperature. The surface temperature is represented in 

the software as the temperature of the copper plate. There are 15 

different points in the software for the change of the surface 

temperature. 

Heat flux equal to the desired Watt value was provided on 

the heating plates located at the top and bottom of the fin model. 

Since the voltage value in the system is not constant and changes 

over time, the heat flux to the heaters was not constant either due 

to the work of other machines in the facility. The basis for 

calculating the heat flux is given in the system is equation 3[2]. 

 

𝑄 = 𝑚𝐶𝑝𝛥𝑇      (3) 

 

Since the dimensions of the test chamber and the velocity of 

the air entering the test chamber are known, the mass flow rate 

can be calculated. It was observed that the Specific heat capacity 

is not significantly changing with temperature. Therefore, it can 

be taken as a constant of 1006 J/kgK. The ΔT value is taken from 

the test data as the inlet and outlet temperature differences. Using 

these values, the capacity calculation in the system is made. 

The surface temperature values of different heat fluxes at 

different velocities are shown in the graph. The velocity values 

data obtained during the test are used to find the mass flow rate. 

Accordingly, the calculated heat transfer coefficient value was 

compared with the software and test results. In the results, the 

average surface temperature difference and the heat transfer 

coefficient difference between the software and the test can be 

examined. The heat transfer coefficient can be calculated that 

shown equation 4. [2] 

 

𝑄 = ℎ𝐴𝑠ΔT𝑙𝑚      (4) 

 

Test results can be examined given below in tables and graphs. 

 

Table 2. 400 Watt Test Result 

Velocity 

(m/s) 

Reynolds 

Num. 

HTC 

Value(W/m2K) 

(Software) 

HTC 

Value 

(W/m2K) 

(Test) 

Calculated 

Heat Capacity 

(Watt) 

1 6000 85.32 78.88 398.59 

1.16  6960 96.91 93.78 385.042 

1.33  7980 106.82 99.84 392.47 

 

Figure 6. 400 Watt Various Heat Flux -Various Air Flow 

Velocity Test Results 

Table 3. 600Watt Test Result 
Velocity 

(m/s) 

Reynolds 

Num. 

HTC  

Value(W/m2K) 

(Software) 

HTC 

Value  

(W/m2K) 

(Test) 

Calculated Heat 

Capacity(Watt)  

1m/s 6000 85.30 72.85 562.63 

1.16 m/s 6960 96.80 96.44 594.06 

1.33 m/s 7980 106.65 103.35 587.23 
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Figure7. 600 Watt Various Heat Flux -Various Air Flow 

Velocity Test Results 

Table 3. 800 Watt Test Result 

Velocity 

(m/s) 

Reynolds 

Num. 

HTC  

Value(W/m2K) 

(Software) 

HTC 

Value  

(W/m2K) 

(Test) 

Calculated Heat 

Capacity(Watt)  

1m/s 6000 85.53 80.05 798.69 

1.16 m/s 6960 96.23 95.50 777.42 

1.33 m/s 7980 106.97 103.20 775.66 

 

Figure 8. 800Watt Various Heat Flux -Various Air Flow 

Velocity Test Results 

Experimental Result and Discussion 

The analytical results and experimental results were 

compared. MathCAD® software was used for analytical 

calculations. It has been observed that experimental results are 

compatible with the analytical results. 

The behaviour of the model at 400Watt, 600Watt and 

800Watt heat fluxes for various air velocities were investigated. 

In previous analytical studies, since the surface area of the Y fin 

model is higher than the other fin models, the heat transfer 

coefficient value is then expected to be higher. Surface 

temperatures, on the other hand, depends on the air inlet 

temperature. Since the air inlet temperature is ambient air, 

surface temperatures may not give different results under the 

same test conditions. In the test with a lower mass flow rate, the 

surface temperature was higher. Experimental results and 

theoretical calculations seems to be compatible with each other. 

As the velocity value of the air entering the test chamber 

increases, the value of the Nusselt number, depends on the 

Reynolds number, increases due to the increase in the Reynolds 

value of the fluid in the duct. As the Nusselt number increases, 

the heat transfer coefficient is expected to increase. In the tests 

performed at different velocity, it was observed that the heat 

transfer coefficient increases as the velocity value in the channel 

increases. 

When the experiments are performed at different heat fluxes 

for the same velocity are compared, it has been observed that the 

given constant heat flux changes the heat convection coefficient 

at a negligible level (0.32%). In this case, it was concluded that 

the thermal convection coefficient is independent of the heat flux 

given to the system. 

NUMERICAL METHOD 
CFD studies have been carried out in 3 steps. In the first step, 

the correct analysis solution model setup and proving mesh 

independence. The second step is, the analysis of the 

experimental setup with the correct mesh elements. The third 

step is evaluation of all analyses and compare to test results. 

Mesh Independence Analysis and Correction of 

Analysis Model 

In this stage, the geometry in the test tunnel was modeled 

and reduced to the extent allowed by the computer physical 

properties. As a result of these stages, it has been advanced as in 

figure 9. 

 

Figure 9. Fin Model 

The description of the numbers is shown in Table 4. 

Using the symmetry assignment feature which is a feature 

of ANSYS the model is designed to repeat from the right to the 

left. 

Mesh independence analysis, it was first reduced from 65 

Million mesh elements to 14 million mesh elements depending 

on the skewness value. In the second study case it was reduced 

from 14 million mesh elements to 2.6 million mesh elements 

depending on ∆T and HTC. The optimum mesh elements 

structure is also shown in figure 10. 
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Figure 10. Optimum Mesh Element 

Table 10. Description of the Numbers 

1 Inlet 

2 Outlet 

3 Inlet side air domain 

4 Inner air domain 

5 Upper copper plate 

6 Fins 

7 Bottom copper plate 

8 Outlet side air domain 

 

Moreover, In the images below shows the mesh 

independence work that was done before. If we examine the 

previous studies, it shows that the 2.5 Million mesh element 

structure is the correct solution  

Analysis of Experimental Sets 

After the determined mesh number, the analyzes were set up 

to resemble the tests performed in the tunnel. At this stage, 

constant heat flux is defined on the copper plates. In previous 

studies, constant temperatures were defined for these surfaces. 

Evaluation of Results 

   The temperature profile taken from the middle plane is 

shown in the figure 11 and 12 below. 

 

Figure 11. Temperature Distribution Left Surface 

 

Figure 12. Temperature Distribution Front Surface 

The velocity distribution is shown in the figure 13 below. 

 

Figure 13. Velocity Distribution 

The results of all these solutions are expressed in the table 5 

below. 

Table 5. CFD Results 

400 W 
0.1098 0.12528 0.146 kg/s 

77.67997 86.03348 97.74143 HTC 

600 W 
0.1098 0.12528 0.146 kg/s 

76.99751 86.05755 97.73703 HTC 

800 W 
0.1098 0.12525 0.146 kg/s 

77.66142 86.05842 97.73855 HTC 

CFD Result Discussion 

The results of the analysis were confirmed in two ways. The 

first of the verification methods are mathematical and physical 

evaluation. The second form of evaluation is the wind tunnel test 

results.  

The outputs of the analysis results were designed as 

Temperature change and HTC values. Likewise, in the articles 

written about HTC calculation, how to calculate HTC is also 

written. Within the framework of these calculations, it was 

determined that the CFD studies repeated with other W values 

produced results close to the expected values. 

In the physical control phase, velocity vectors and 

temperature distributions were examined. When we examine the 

temperature factor above, we need to see the temperature change 

in the parts of the copper plates that touch the fins. Likewise, the 

fluid passing between the fins should be heated towards the end. 

When we evaluate all these, it can be thought that the 

solution is correctly constructed. 

It also provides the fact that HTC values should not change 

in repeated analyzes at the same flow rates at different heat flux 

values, which is one of the cornerstones of heat transfer. 

The results produced with the CFD are compared with the 

experimental results. The values obtained in the wind tunnel tests 

were used to validate the CFD results. It has been noticed that 

there are acceptable differences between the test results 

explained in more detail in the relevant parts of this report and 

the CFD results. 
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This acceptable difference is defined as follows. HTC values 

produced as a result of the experiments and HTC values 

produced by the software were compared with the percentage of 

absolute difference method of HTC Values produced as a result 

of CFD. It has been determined not to exceed 15% for each of 

these different value. In the calculation of the average error, it 

was determined not to exceed 10%. The graphs of the heat 

transfer coefficient calculated with the software, CFD, and test 

data for the various constant heat flux and various airflow 

velocities are shown below. 

 

Figure 14. 400 Watt HTC Compare with All Results. 

 

Figure 15. 600 Watt HTC Compare with All Results. 

S 

Figure 16. 800 Watt HTC Compare with All Results. 

CONCLUSION 
The graphs of the variation of the heat transfer coefficient 

with velocity are given above. Here, the software result 

calculated analytically by using MathCAD, tests with a wind 

tunnel, and a comparison of computational fluid dynamics 

modelling with a numerical method using ANSYS FLUENT® 

can be seen. While the highest heat transfer coefficient was 

obtained in the software, the lowest heat transfer coefficient was 

obtained in computational fluid dynamics modelling. The 

velocity-heat transfer coefficient graph obtained in MathCAD 

software shows a linear behaviour. Test and computational fluid 

dynamics modelling results also tend to be linear. Particularly, it 

gave results compatible with the software at a velocity of 1.16 

m/s. 
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ABSTRACT 
Interaction between different fuel components is of special 

interest in regulating combustion characteristics. In this work, 

the co-pyrolysis of benzene, acetylene, and dimethyl ether 

(DME) was investigated in a flow reactor at 880-1250 K and 1 

atm using gas chromatography. Both pyrolysis of pure benzene 

and co-pyrolysis of benzene and acetylene were also performed 

to reveal the interaction among fuel components. It was 

observed that the pyrolysis of pure hydrocarbon components 

and co-pyrolysis of benzene and acetylene can hardly happen in 

the investigated temperature region, while the addition of DME 

to the pyrolysis of benzene and acetylene can significantly 

accelerate their decompositions and enhance the formation of 

several key polycyclic aromatic hydrocarbons (PAHs), such as 

toluene and indene, showing synergistic effects on pyrolysis 

reactivity and PAH formation. On the other hand, a kinetic 

model was developed from previous models of aromatic fuels 

and DME, and was used to perform numerical investigation on 

fuel decomposition and PAH formation. Modeling analysis 

shows that the addition of DME can effectively activate the 

pyrolysis system through fast C-O bond dissociation reactions, 

which reduces the decomposition temperatures of benzene and 

acetylene. The phenyl radical produced from the H-abstraction 

of benzene can react with acetylene to produce phenylacetylene, 

while phenylacetylene can further combine with another phenyl 

radical to form b-phenyl-a-styryl radical which can readily 

convert to phenanthrene. The addition of DME can also 

produce abundant methyl radical, which further reacts with 

benzene or other aromatics to form large aromatics such as 

toluene and methylated PAHs. 

NOMENCLATURE & ABBREVIATIONS 
DME  Dimethyl ether 

PAH  Polycyclic aromatic hydrocarbon 

HACA Hydrogen abstraction acetylene addition 

GC Gas chromatography 

ROP  Rate of production 

SCCM  Standard cubic centimeters per minute 

C6-PY  Pyrolysis of benzene 

CO-PY CO-pyrolysis of benzene and acetylene 

CO-PY-DME CO-pyrolysis of benzene, acetylene and DME 

INTRODUCTION 
With the growing need for carbon reduction in the energy 

system, oxygenated fuels can serve as an efficient way to 

achieve the goal of carbon neutral due to their full lifecycle 

carbon-neutral feature [1-3] Considering the incompatibility 

between oxygenated fuels with the present engines, the addition 

of oxygenated fuels to hydrocarbons is proposed to be a 

feasible strategy in the short term, which has also been adopted 

in internal combustion engines [4, 5]. Previous investigations [6, 

7] revealed that interaction exists between different components

in transportation fuels, which can influence the combustion

characteristics, while the addition of oxygenated fuels makes it

more complicated. For the better use of oxygenated fuels, it is

necessary to understand the interaction in mixtures of

hydrocarbons and oxygenated fuels, especially for the

combustion reactivity and formation of pollutants like

polycyclic aromatic hydrocarbons (PAHs) and soot.

Dimethyl ether (DME) is a promising oxygenated fuel for 

engine application that can be produced sustainably from 

carbon dioxide and hydrogen via renewable electricity. Several 

works were performed on the interaction between DME and 

hydrocarbons. Drakon et al. [8]  studies the co-pyrolysis of 

DME and benzene in a reflected shock tube at 1300-2000 K 

and 3.5-5.7 bar. Based on the PAHs detected by the laser-

induced fluorescence method, it is found that the addition of 

DME increased the production of small aromatics. Zhao et al. 

[9] performed the laminar premixed DME-doped benzene

flames at 30 Torr using synchrotron vacuum ultraviolet

photoionization mass spectrometry. Compared to the neat

benzene flame, the addition of DME promoted the production

of monocyclic aromatics and inhibited the PAHs formation.

McEnally and Pfefferle [10] measured the soot volume

fractions and C1-C12 hydrocarbon concentrations in non-

premixed DME-doped ethylene flame using laser-induced

incandescence and photoionization mass spectroscopy,

indicating that the addition of DME resulted in a larger increase

in soot. It can be noticed that previous investigations mainly

focused on the interaction between dual components, while

interaction in mixtures with more than two components is still

insufficiently explored with the consideration of multiple

components in transportation fuels.
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In order to study the interaction between multiple 

components, the co-pyrolysis of benzene, acetylene, and DME 

was investigated in a flow reactor at 880-1250 K and 1 atm 

using gas chromatography (GC). Here benzene and acetylene 

were selected to represent the key precursors in PAH formation 

from aromatic components and alkane components in 

transportation fuels, respectively, while DME is a promising 

oxygenated fuel for engine applications. A kinetic model was 

also developed from previous models of aromatic fuels and 

DME. In addition, the pyrolysis of pure fuel components and 

co-pyrolysis of two fuel components were performed 

experimentally and numerically to reveal the interaction among 

fuel components. Rate of production (ROP) and sensitivity 

analyses were conducted to get insight into the mechanistic 

understanding of the interaction among multiple fuel 

components. 

EXPERIMENTAL METHOD 
The flow reactor pyrolysis experiments of pure benzene, 

co-pyrolysis of benzene and acetylene, and co-pyrolysis of 

benzene, acetylene, and DME were performed in this work. 

The flow reactor is made of α-alumina to reduce the wall 

catalytic effect [11, 12] and has a 500 mm heating length. A 

small inner diameter (7 mm) ensures strong radial diffusion 

effects, reduces radial concentration gradients, and achieves 

adequately homogeneous reaction circumstances [13-15]. The 

schematic diagram of the experimental setup reported by Yan et 

al. [16] is shown in Fig. 1. Temperature profiles along the flow 

reactor are measured using an S-type thermocouple and serve 

as input parameters in the simulations. The maximum value 

(Tmax) denotes each temperature profile. During the 

experiments, benzene was fed by a syringe pump and vaporized 

in a vaporizer, while acetylene, DME, and the dilution gas 

argon were controlled by the MKS flow rate controller. The 

total flow rate under three experiments were 1000 standard 

cubic centimeters per minute (SCCM) with 0.5% (in mole) 

each fuel vapor. The experimental conditions of pure benzene 

(C6-PY), co-pyrolysis of benzene and acetylene (CO-PY), co-

pyrolysis of benzene, acetylene and DME (CO-PY-DME) are 

shown in Table 1. 

 
Figure 1 Schematic diagram of the flow reactor pyrolysis 

apparatus [16]. 

The pyrolysis products were transferred into the GC 

(Agilent 7890B) by a stainless-steel pipe heated at 453 K to 

prevent condensation. The GC equipped with two flame 

ionization detectors and two capillary columns (GS-Alumina 

and HP-INNOWax) was used for the detection of pyrolysis 

products. The uncertainties of the measured mole fractions 

were estimated to be ±10% for fuels (benzene, acetylene, and 

DME) and ±15% for products (methane, ethane, and ethylene) 

with direct calibration. 

Table 1 Experimental conditions of the flow reactor pyrolysis 

 
Benzene 

(ml/min) 

Acetylene 

(SCCM) 

DME  

(SCCM) 

Argon  

(SCCM) 

C6-PY 0.02 0 0 995 
CO-PY 0.02 5 0 990 

CO-PY-DME 0.02 5 5 985 

KINETIC MODELING 
In this work, the kinetic model for the co-pyrolysis of 

benzene (C6H6), acetylene (C2H2), and DME was developed 

based on the combustion model of aromatics developed by 

Yuan et al. [17]. The C1-C2 mechanism was updated from the 

Aramco kinetic model [18], which has been well validated and 

widely used as the core mechanism. For the sub-mechanism of 

benzene, its unimolecular decomposition reaction (R1) and H-

abstraction reaction by H atom (R2) were referred to the 

theoretical calculations by Wang et al. [19] and the kinetic 

model by Hamadi et al [7], respectively. The produced phenyl 

radical can react with molecules and radicals, such as acetylene, 

benzene and CH3. Rate constants of reactions of phenyl with 

acetylene (R3) and CH3 (R4) were taken from the theoretical 

work from Tokmakov and Lin [20]and Klippenstein et al. [21]   

Rate constant of reaction of phenyl with benzene (R5) was 

adopted from the theoretical study of Wang et al. [19]. The 

pressure- and temperature-dependent rate constants were 

adopted in present model. The sub-mechanism of DME was 

taken from the kinetic model of Sun et al. [22] with some 

reactions updated. The H-abstraction reactions of DME with H 

(R6) and CH3 (R7) were taken from the kinetic model of Li et 

al [18]. The thermodynamic data were taken from the kinetic 

models of Yuan et al. [17], Sun et al. [22], Li et al. [18] and 

Hashemi et al. [23]. The present model was also validated 

against extensive experimental data reported in literature, 

including the co-pyrolysis of benzene and acetylene in shock 

tube pyrolysis [7]. For the simulation of the flow reactor 

pyrolysis experiments, the Plug Flow Reactor module of 

Chemkin-Pro software [24] was used with the consideration of 

measured temperature profiles. 

C6H6(+M) ↔ C6H5 + H(+M) (R1) 

C6H6 + H ↔ C6H5 + H2 (R2) 

C6H5 + C2H2 ↔ A1C2H + H (R3) 

C6H5 + CH3 ↔ A1CH3 (R4) 

C6H5 + C6H6 ↔ P2 + H (R5) 

CH3OCH3 + H ↔ CH3OCH2 + H2 (R6) 

CH3OCH3 + CH3 ↔ CH3OCH2 + CH4 (R7) 

RESULTS AND DISCUSSION 
The decomposition of fuels 

Figure 2 shows the experimental and simulated mole 

fraction profiles of benzene and acetylene in both pure 

pyrolysis and co-pyrolysis. It can be observed that the 

decomposition temperatures of benzene in C6-PY and CO-PY 

locate near 1150 K, while the addition of DME greatly 

accelerates the decomposition of benzene in CO-PY-DME, 

making it approximately 150 K earlier than those in C6-PY and 

CO-PY. This acceleration also exists in the decomposition of 
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acetylene which is rather stable and can hardly decompose 

under the investigated temperature region. Different from the 

close decomposition temperatures of benzene and acetylene in 

CO-PY-DME, DME decomposes at a rather lower temperature 

(925 K), as exhibited in Fig. 3(a). In addition, small 

hydrocarbons, including methane (CH4), ethylene (C2H4) and 

ethane (C2H6) were also observed in CO-PY-DME, while these 

products were negligible in PY-C6 and CO-PY. The present 

model can well capture the decompositions of the fuels and the 

productions of these products. 

 
Figure 2 Experimental (symbols) and simulated (lines) mole 

fraction profiles of (a) benzene and (b) acetylene in C6-PY, 

CO-PY and CO-PY-DME. 

 
Figure 3 Experimental (symbols) and simulated (lines) mole 

fraction profiles of DME, CH4, C2H6 and C2H4 in the CO-PY-

DME. 

It is accepted that the structure features of benzene with 

the conjugate ring and acetylene with strong carbon-carbon 

triple bond make them stable and hardly initiate the bond-

dissociation reactions at low temperatures. Bond dissociation 

energies for C-H bonds in benzene and acetylene are 112.9 and 

133.3 kcal/mol [25]. Even for the co-pyrolysis of benzene and 

acetylene, they also decompose at rather high temperatures with 

slight acceleration, as observed in the flow reactor pyrolysis in 

this work and the reflected shock tube by Hamadi et al. [7]. At 

1327 K in C6-PY and CO-PY, due to the deficiency in radicals, 

benzene slightly decomposes with the major contribution from 

H-abstraction reaction (R2). In contrast, the C-O bond in DME 

is readily to be broken (83.6 kcal/mol [25]) to enrich the radical 

pool in the CO-PY-DME. According to ROP analysis at 1327 

K, DME is mainly consumed by H-abstraction reactions with H 

and CH3 (R6 and R7) to produce CH3OCH2, which can 

overwhelmingly undergo the β-scission reaction with the 

formation of CH3 and formaldehyde. The bond dissociation 

reaction of DME producing CH3 and CH3O contributes to its 

rest consumption. Therefore, abundant CH3 and considerable 

formaldehyde are produced in CO-PY-DME. The observations 

of ethane, ethylene and methane are all strongly related to the 

produced CH3 and its successive decompositions. 

Influenced by the enriched radical pool resulting from the 

consumption of DME, the majority of benzene undergoes the 

H-abstraction reactions of benzene by H and CH3 radicals with 

the total contribution of 94% to produce the phenyl radical. 

However, about half of the acetylene prefers to react with the 

produced phenyl to initiate the hydrogen abstraction acetylene 

addition (HACA) mechanism (R3), while the rest can be 

consumed by the reaction with CH3 and other radicals. HACA 

mechanism is generally deemed to be vital in the molecular 

growth of larger aromatics [26]. 

The formation of aromatics 

In order to investigate the influence of interaction between 

hydrocarbon and oxygenated fuels on aromatics, the simulated 

mole fractions of crucial mono-aromatics and PAHs in C6-PY, 

CO-PY and CO-PY-DME were performed. Figure 4 illustrates 

the comparisons of toluene (A1CH3), phenylacetylene (A1C2H), 

indene (C9H8), naphthalene (A2), acenaphthylene (A2R5), 

biphenyl (P2), phenanthrene (A3) and pyrene (A4) as the 

function of fuel conversions. Significant difference can be 

observed in different pyrolysis systems, even for CO-PY and 

CO-PY-DME, indicating the remarkable interaction between 

fuel components in aromatics. ROP and sensitivity analyses are 

performed at 1407 K, 1380 K and 1327 K in the C6-PY, CO-

PY and CO-PY-DME respectively, which correspond to their 

approximately 50% fuel conversion. Figure 5 depicts the 

reaction network in C6-PY, CO-PY and CO-PY-DME. 

As seen from Fig. 4, compared with the co-pyrolysis, 

acenaphthylene and biphenyl are prone to be produced in the 

C6-PY even in the low fuel conversion, while other aromatics 

are inhibited. According to ROP analysis, the reaction of 

phenyl radical with benzene (R5) is the dominant pathway for 

phenyl consumption in C6-PY, thus biphenyl can be greatly 

produced. The sensitivity analysis in Fig. 6(c) also reveals the 

critical role of R5 in C6-PY. Meanwhile, biphenyl is a 

significant precursor for the formation of acenaphthylene via 

the successive H loss, which can be verified by their formation 

at different fuel conversions shown in Figs. 4(e,f). In addition, 

biphenyl also reaches its peak concentration at lower fuel 

conversion than acenaphthylene. 

For CO-PY and CO-PY-DME, the addition of acetylene 

greatly enhances the production of phenylacetylene and PAHs, 

like indene, phenanthrene and pyrene, as can be observed in 

Figs. 4(b,c,g,h), which can be explained by the successive 

HACA mechanism. It is seen from Fig. 5 that, with the 

existence of acetylene, the produced phenyl radical prefers to 

react with acetylene to release the H and phenylacetylene. The 

produced phenylacetylene can further absorb another phenyl 

radical to form b-phenyl-a-styryl radical. These two reactions 

consume over 80% of phenyl radical. In CO-PY and CO-PY-

DME, the H-abstraction of benzene with H (R2) and the 
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reaction of phenyl (R3) are among the most sensitive reactions 

to benzene consumptions, as shown in Figs. 6(a,b). The 

produced b-phenyl-a-styryl radical mainly lose a H atom to 

give phenanthrene. Subsequently, the HACA reaction sequence 

with H-abstraction and acetylene addition follows and yield 

another larger PAH, pyrene. It can be clearly seen from their 

formation at the different fuel conversions in Fig. 4 that follow 

the sequence of phenylacetylene, phenanthrene and pyrene. 

Thus, the HACA mechanism plays a significant role in the 

molecular growth, especially to larger PAHs. Further, it is also 

noticed that phenylacetylene behaves differently in CO-PY and 

CO-PY-DME, while phenanthrene and pyrene show the close 

production trends. The different reaction temperature ranges for 

CO-PY and CO-PY-DME corresponding to fuel conversions 

can explain the different peak locations of phenylacetylene.  

 
Figure 4 Simulated mole fraction profiles of (a) A1CH3, (b) A1C2H, (c) C9H8, (d) A2, (e) A2R5, (f) P2, (g) A3 and (h) A4 in the C6-

PY, CO-PY and CO-PY-DME. 

 

Figure 5 Reaction network in C6-PY, CO-PY and CO-PY-DME. Reaction pathways that are more important in C6-PY and CO-PY-

DME are included in black and blue boxes respectively, while both in CO-PY and CO-PY-DME are included in olive box. Solid and 

dashed arrows represent the major and minor pathways respectively. X denotes radicals such as H and CH3.  

Compared to the negligible productions in C6-PY and CO-

PY, considerable toluene is produced in CO-PY-DME. 

According to ROP analysis, the formation of toluene can be 

attributed to the combination of phenyl radical with CH3, as 

included in the blue box in Fig. 5. This is evident due to the 

abundant production of CH3 by DME decomposition, as 

discussed above. In contrast, CH3 can hardly be produced in 

C6-PY and CO-PY. Toluene can subsequently undergo the 
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HACA reaction pathway to release indene, which is also 

enhanced in the CO-PY-DME. This reaction circle was 

investigated by Li et al. [6] in the flow reactor co-pyrolysis of 

toluene and acetylene. Remarkable synergistic effect was 

observed with the enhancements in fuel decomposition and 

indene formation. Both C6-PY and CO-PY can also give the 

toluene production via the reaction of benzene with propargyl 

radical, which mainly comes from the direct decomposition of 

benzene. 

In addition, the production of the bicyclic PAH, 

naphthalene, is close in C6-PY, CO-PY and CO-PY-DME, 

especially for co-pyrolysis systems under low fuel conversions. 

In CO-PY and CO-PY-DME, naphthalene mainly comes from 

the HACA reaction sequence from phenylacetylene, which 

contribute to over half of naphthalene production, as shown in 

Fig 5. However, in C6-PY, the intermediate species benzyne 

produced by the decomposition of phenyl can be converted into 

BICYCLO, which leads to the formation of naphthalene. With 

the increasing of temperatures (also can be fuel conversions), it 

can be also seen that the mole fractions of small aromatics 

decrease, while larger PAHs, such as acenaphthylene in C6-PY 

and phenanthrene and pyrene in CO-PY and CO-PY-DME are 

identified as the major products. The addition of acetylene 

results in the abundant larger PAHs compared to pure benzene 

pyrolysis, while the addition of DME has slight influence on 

PAHs formation under same fuel conversions but promotes 

their formation temperatures at relatively lower temperatures. 

 
Figure 6 Sensitivity analysis of benzene in the (a) C6-PY, (b) and CO-PY (c) CO-PY-DME. 

 
Figure 7 Comparison of experimental and simulated results by present model of (a) benzene in C6-PY from Sun et al. [27], (b) 

benzene and acetylene in CO-PY from Hamadi et al. [7] and (c) DME in DME-PY from Hashemi et al [23]. 

Validations of literature data 

Furthermore, the present model is also validated against 

the experimental data of pyrolysis of pure benzene, pure DME 

and co-pyrolysis of benzene and acetylene reported in literature. 

Sun et al. [27] and Hashemi et al. [23] performed the shock 

tube pyrolysis of benzene at 20 bar and flow reactor pyrolysis 

of DME at 50 bar, respectively. As shown in Figs. 7(a, c), the 

present model can reasonably predict the fuel decomposition 

trend of benzene and DME. The co-pyrolysis of benzene and 

acetylene was reported by Hamadi et al. [7] using the shock 

tube at 20 bar. Compared to the experimental condition in this 

work, the higher temperature region in Hamadi et al. [7] allows 

the decomposition of benzene and acetylene. The present model 

can well capture the decomposition of benzene, while predicts 

the decomposition of acetylene a little slower than the 

measured results. 

CONCLUSIONS 
In this work, the pyrolysis of pure benzene, co-pyrolysis of 

benzene and acetylene, and co-pyrolysis of benzene, acetylene, 

and dimethyl ether (DME) were studied in the flow reactor. The 

mole fractions of fuels and small hydrocarbons as the function 

of heating temperatures were obtained. A kinetic model for the 

co-pyrolysis of benzene, acetylene, and DME was also 

developed, which can well reproduce the decomposition 

reactivity of fuels and the formation of small hydrocarbons. 

Both the measured and simulated results reveal that the addition 

of DME can accelerate the decomposition of benzene and 

acetylene and the formation of aromatics. According to 

modeling analysis, it is found that the easy C-O bond 
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dissociation reaction of DME enriches the radical pool in CO-

PY-DME, which can be verified by the earlier decomposition 

of DME compared to C6-PY and CO-PY. In addition, the 

produced phenyl radical in the C6-PY from H-abstraction 

reactions of benzene prefers to react with another benzene to 

form biphenyl and acenaphthylene, which are prone to be 

produced than those in CO-PY and CO-PY-DME. The addition 

of acetylene in CO-PY and CO-PY-DME enhances the 

formation of larger PAHs by promoting the hydrogen 

abstraction acetylene addition (HACA) mechanism, such as 

phenanthrene and pyrene.  
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ABSTRACT
This article shows a comparison of the performances of three

types of passive two-phase cooling heat exchangers in vertical
orientation. Two two-phase loop thermosyphons and a pulsating
heat-pipe, developped to cool power electonics converter appli-
cations were tested. In vertical orientation, the so called hybrid
two-phase loop was shown to be superior to the pulsating heat-
pipe with a 20% lower thermal resistance and a a 50% higher
maximum heat load before dry-out, for the same air pressure
drop of 33 Pa.

INTRODUCTION
Standard passive two-phase loops can be used in power elec-

tronics converters to ensure the cooling of the power modules and
thus enabling significant increase of the power compared to tra-
ditionnal heat sink cooling. In order to remain competitive in this
disputed market, further increase in power density is required. To
this end, two new alternative concepts were studied: a so called
hybrid two-phase loop and a pulsating heat-pipe. Their working
principle is illustrated in Fig. 1. ABB standard passive two-phase
loop design is composed of flat tubes comprising mini-channels
brazed to a heated baseplate on one side and to louvered fins
on the other side. It ensures an uni-directional flow circulation
by dedicating some channels to evaporation and the remaining
others to condensation only. It follows that between the evapo-
rator and the condenser these channels do not perform any heat
transfer but merely transport the vapor and liquid. It is fully scal-
able by parallel connection of channels to a common manifold
to reach the required cooling power. In ABB pulsating heat-pipe
design, a self sustaining oscillating flow is created by connecting
parallel tubes in series thanks to specifically designed manifolds.
In this concept there is no need for vapor and liquid transport
channels and the corresponding area can be dedicated to heat
tranfer area, consequently increasing it by about 50%. A com-
prehensive article on the work done at ABB on this topic can be
found in [1]. The ABB hybrid two-phase loop design is a con-
cept in between the standard two-phase loop and the pulsating
heat-pipe in the sense that only some channels are dedicated to
evaporation, but all channels are used for condensation. There-
fore the heat transfer area in increased by 30% compared to the

standard two-phase loop. However this concept is subject to the
so called entrainment limit: interfacial shear forces must be large
enough to entrain liquid droplet in the vapor flow above the evap-
orator, otherwise the condensate created in this section will flow
down and can stop the flow circulation. As a consequence this
concept is not fully scalable and it must be ensured at the design
phase that the vapor velocity is sufficient to entrain the liquid
back-flow.

Maydanik [2] compared the design and performances of two-
phase loop heat pipes and thermosyphons and concluded that
they yielded simpler design and lower cost but at the same time
are quite efficient heat-transfer devices capable of operating over
a wide range of variation of parameters. Furthermore, small di-
ameter channels allow taking advantage of the so-called bubble
pump effect to further increase the performances of the ther-
mosyphon. This effect causes liquid plugs to be propelled in
the channels and delay dry-out phenomena. This liquid plug lift-
ing effect typically shows a maximum with heat load as shown
by [3] and was further studied by [4], [5] in a transparent capil-
lary sized two-phase loop. This bubble pumping effect was the
starting point for design compact and low cost thermosyphons.

[6] have noticed recently that thermosyphon loops are already
used as the appropriate cooling solution for various industrial
applications: avionics, gas turbine blades, nuclear reactors, so-
lar collectors, and electronic devices. Two-phase thermosyphon
cooling technology is also gaining momentum for thermal man-
agement of electronics. Nowadays heat pipes are standard cool-
ing devices in laptops and have attracted the interest of the power
electronics industry.

For example, in his state-of-the art review, [7] described the
use of heat pipes for power semiconductors cooling, highlight-
ing that it allows for higher power density. The use of dielectric
fluids and pumpless operation altogether with high heat trans-
fer coefficients is an attractive combination for power electron-
ics thermal management. When vertical orientation is possible,
gravity-driven two-phase loops using small channels are particu-
larly appealing for their compactness and low material and fluid
inventory.

[8] tested a closed loop two-phase thermosyphon and studied
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Figure 1. Working principle of standard (a), pulsating (b) and
hybrid two-phase cooler (c).

the influence of several parameters on the performances: heat
load, operating pressure and fluid filling. The limits in the heat
and mass transport were evidenced together with unstable be-
haviour at the higher heat inputs, in order to design and build a
two-phase thermosyphon for solar heating systems.

[9] presented an analytical model for a thermosyphon loop
developed for cooling air inside a telecommunication cabinet and
showed that the system thermal efficiency was very sensitive to
the liquid and vapor line section diameters.

Pulsating heat pipes (PHP) are heat transfer devices that work
on the principle of self-sustained oscillations that occur in a small
channel (typically 1 mm diameter) due to the bi-directional ex-
pansion of vapour inside these channels. The advantages of a
PHP compared to conventional thermosyphon technologies for
electronics cooling are: PHPs work in any orientation, have a
lower cost (no internal capillary structure needed in the evapo-
rator) and there is no need for a vapour riser and a liquid down-
comer, hence more compact design or better performances for
same volume. During operation, the liquid slugs and elongated
bubbles oscillate between the cold and hot regions because of
the hydrodynamic instabilities caused by the rapid expansion of
the bubbles confined in the small channels, and this provides
a fluid flow independent of gravity. A PHP is essentially a
non-equilibrium heat transfer device whose thermal success de-
pends primarily on the continuous maintenance of these non-
equilibrium conditions within the system. Unlike conventional
heat pipes, no steady-state pressure equilibrium is reached when
operating a PHP. The mechanical/thermal design of a PHP de-
pends on the influence of many parameters: number of turns,
respective lengths of evaporator and condenser, diameter of the
channels, the nature of the fluid and the flow patterns. The ex-
ploitation of the concept from an engineering point of view was
first done by [10] with the first examples of the family of modern
PHPs. [11] provided a cornerstone in the scientific understand-
ing of the physical phenomena inside pulsating heat pipes with
a thorough experimental analysis and proposals for modeling.
Concerning mathematical modelling, extreme simplification has
been adopted in all the modelling approaches developed thus far.
The results have only limited validity and contribution in the un-
derstanding of the device, not to mention in their performance
prediction and optimization. Currently, two advanced physical
models are published. The first, by [12] and [13; 14], focuses on
meniscus/film evaporation rather than boiling. The most recent
model, published by [15], considers the interactions between in-
compressible liquid slugs and compressible vapor plugs which
are considered to be homogenous and frictionless. Mass transfer
between these two components is considered to be solely through
the liquid films which are laid and consumed by the moving liq-
uid slugs and thinned and thickened by evaporation and conden-
sation to/from the vapor plugs.

TEST FACILITY
A drawing of each protoype is shown in Fig. 2. Note that

the pulsating heat-pipe prototype has anti-symmetric manifolds
created with embossed plates, which is thought to be a more cost
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efficient production method.
All signals are acquired through a National Instruments SCXI

box connected to a laptop running Labiew. For pressure mea-
surements, the SCXI box is equiped with a 1102C acquisition
module able of recording signals at 10 kHz frequency. For tem-
perature measurement a 1102 module with a cut off frequency
at 2 Hz is used. All the thermocouples were calibrated using a
Fluke 9142 Field Metrology Well. The uncertainty of the cali-
brated thermocouples is ± 0.1 K (it is ± 2.5 K if not calibrated).
The measuring devices and their accuracy are presented in ta-
ble. 1. The test setup is inserted into a wind tunnel equipped
with a centrifugal fan, a mass flowmeter, a pre-heater, and a air-
water heat exchanger connected to a chiller in order to keep the
air at a preset temperature. The air flow temperature is measured
at one location at the inlet and at four locations at the oulet of the
test section. Three cylindrical 400 V heating cartridges inserted
inside a heat spreading aluminium block are used as power mod-
ules mockups. The energy balance between the input electrical
power and the output air enthalpy was better than ±10%.

Table 1. Measuring devices and accuracy.

Measurement Device Measured
range

Accuracy

Power EPower-
3ph/50A/600V

0–30 kW ± 1.7%

Air tempera-
ture

TC type K
Φ = 1.5 mm

25–65◦C ± 0.1◦C

Base temper-
ature

TC type K
Φ = 0.5 mm

25–120◦C ± 0.1◦C

Fluid temper-
ature

TC type K
Φ = 1 mm

25–100◦C ± 0.1◦C

Refrigerant
pressure

Omega
PX409

0–3571 Pa ± 0.5%

Air pressure
drop

Sensirion
SDP1000-L

0–500 Pa ± 2%

Air flow rate ABB Sen-
syflow
FMT700-P

0–4000 kg/h ± 1%

MEASUREMENTS
In the following plots’ legends, standard, pulsating and hybrid

two-phase coolers are referred to by the acronyms COT, PHP and
HCOT, respectively.

Figure 3 shows the thermal resistance versus fluid filling for
the standard, pulsating and hybrid two-phase coolers, filled with
R134a, at 5200 W heat load. The three models exhibit a min-
imum at around 45% fluid filling. The hybrid two-phase loop
yields the lowest thermal resistance, 20% lower than the standard
one, at the optimum filling ratio. The pulsating heat-pipe yields

Figure 2. From top to bottom: drawing of standard, pulsating
(note the manifolds) and hybrid (100% air fins coverage) two-
phase coolers.
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a 10% higher thermal resistance than the the standard two-phase
loop in spite of its larger heat transfer area (evaporation and con-
densation taking place on 100% of the multiport tube width).
The most likely reason for this lower than expected performance
is that the refrigerant circulation inside the pulsating heat-pipe
is not taking place adequately, possibly because of the pressure
losses in the turns.
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Figure 3. Thermal resistance versus fluid filling for standard,
pulsating and hybrid two-phase cooler.

Figure 4 shows the thermal resistance versus heat load for
standard, pulsating and hybrid two-phase coolers filled with
R134a, in the vicinity of the optimal filling ratio. The hybrid
two-phase loop yielded a practically constant and between 30%
and 17% lower thermal resistance than the standard one up to 6
kW heat load. The hybrid two-phase loop also had the capability
to handle higher heat loads, up to 7 kW. Dry-out was reached at 8
kW with R134a. However, the figure shows that replacing R134a
with R1234ze, which has a higher critical temperature, enables
the hybrid two-phase loop to function up to 8 kW. The standard
two-phase lop yields a thermal resistance that is strongly decreas-
ing with the heat load, contrary to the hybrid one. The pulsating
heat-pipe shows inferior performances on the whole heat load
range, in spite of more favorable working conditions (air flow
rate and temperature).

The influence of air flow rate on the thermal resistance for
standard, pulsating and hybrid two-phase cooler filled with
R134a is shown in Fig. 5. The trend is identical for the three cool-
ers except at the lowest air flow. Then the standard two-phase
cooler experiences dry-out because the refrigerant temperature
becomes too close to the critical temperature, the density differ-
ence between liquid and vapor narrows down, consequently the
internal refrigerant flow rate decreases and dry-out occurs.

Figure 6 shows the air pressure drop versus air flow rate for
standard, pulsating and hybrid two-phase cooler. The hybrid and
pulsating two-phase cooler yield between 16 and 33 Pa more air
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Figure 4. Thermal resistance versus heat load for standard,
pulsating and hybrid two-phase cooler.

800 1000 1200 1400 1600 1800 2000

Vair ( m3/h )

6

7

8

9

10

11

12

13

14

R
th

 (
 K

/k
W

 )

 Fluid=R134a, Angle=0°, Qe=5200 W

COT, Tair=50°C, Fill=55 %

HCOT, Tair=50°C, Fill=53 %

PHP, Tair=40°C, Fill=50 %

Figure 5. Thermal resistance versus air flow rate for standard,
pulsating and hybrid two-phase cooler filled with R134a.

pressure losses depending on the flow rate, than the standard two-
phase cooler. This is due to the fact that the air fins covers 100%
of the MPE tube in the case of the hybrid and pulsating two-phase
cooler.

The influence of the incoming air temperature on the thermal
resistance for standard, pulsating and hybrid two-phase cooler
filled with R134a is shown in Fig. 7. Between 20 and 50◦C,
the thermal resistance depends little on the air temperature. It
starts increasing more significantly at 60◦C, in particular for the
standard two-phase cooler, because of the vicinity of the critical
pressure and related occurence of dry-out.

Figure 8 shows the influence of the working fluid on the ther-
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Figure 6. Air pressure drop versus air flow rate for standard,
pulsating and hybrid two-phase cooler.
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Figure 7. Thermal resistance versus air inlet temperature for
standard, pulsating and hybrid two-phase cooler filled with
R134a.

mal resistance for the standard, pulsating and hybrid two-phase
cooler. The x axis represents the working fluid by its ASHRAE
official designation R1234ze, R1233zd and R134a. The perfor-
mance of the hybrid two-phase cooler show very little depen-
dence on the nature of the working fluid. The dependence is more
pronounced for the standard two-phase cooler and the pulsating
two-phase cooler shows a strong dependence of performances on
the fluid nature. Note that the fluids having closer critical tem-
peratures like R134a (40.6 bar, 101.1◦C) and R1234ze (36.4 bar,
109.4◦C) compared to R1233zd (35.8 bar, 165.8◦C), yield the
closest performances.
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Figure 8. Thermal resistance versus fluid for standard, pulsat-
ing and hybrid two-phase cooler.

CONCLUSIONS
This article showed a comparison of the performances of three

types of passive two-phase cooling heat exchangers in vertical
orientation. Two two-phase loop thermosyphons and a pulsating
heat-pipe, all made of aluminium multiport extruded tubes, de-
velopped to cool power electonics converter applications. The
pulsating two-phase cooler yielded poor performances with this
design, likely because of the manifold design. The so called
hybrid two-phase loop was shown to be superior to the pulsat-
ing heat-pipe with a 20% lower thermal resistance and a a 50%
higher maximum heat load before dry-out, for the same air pres-
sure drop of 33 Pa. Furthermore, lower minimum operating air
flow rate, higher maximum incoming air temperature and less
dependence on the nature of the working refrigerant were mea-
sured. These better performances come at the cost of an addi-
tional 16–33 Pa of air pressure drop compared to the standard
two-phase loop.
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ABSTRACT 
Cold plates are widely used in closed-loop indirect cooling 

applications in the thermal management of electronics and 

batteries, particularly for devices with high heat flux. This paper 

presents a new cold plate design with a cooling cavity that was 

supported and filled by body-centered cubic (BCC) elements 

using the selective laser melting (SLM) technique. The powder 

of SS316L was used during the metal additive manufacturing 

process. The plate dimensions were 50 mm×50 mm×6 mm while 

the height of the cavity was 4 mm inside the plate; thus, the BCC 

elements had the same height as the cavity. A heater with a heat 

flux of 1049.1±44.9 W/m2 was used to mimic the high heat flux 

battery operations. The experimental setup was operated by 

circulating the water in the closed-loop with a flow rate of 3.4 

L/h and temperatures of 15.9 °C, 20.1 °C, and 24.6 °C, 

respectively. The cooling process was initiated when the heated 

surface reached the surface temperatures of 40.0 °C, 42.5 °C, and 

45.0 °C and it continued until reaching the target surface 

temperatures of 32.5 °C and 35.0 °C, which were reasonable 

surface temperatures in Singapore’s tropical climate whilst they 

were also in the suggested operating temperature range of 15.0 

°C-35.0 °C. To cool down the heated plate below 35.0 °C, the 

cooling time was 60 s when the coolant temperature was 15.9 °C 

but it increased to 270.7 s for the coolant temperature of 24.6 °C 

in case of the initial surface temperature of 40.0 °C. When the 

cooling process was initiated from the surface temperature of 

45.0 °C instead of 40.0 °C, the cooling time rose to 91 s and 

366.0 s for the coolant temperatures of 15.9 °C and 24.6 °C, 

respectively. Overall, decrease of coolant temperature by 4.2-4.5 

°C provided decrement in cooling time by nearly 50% but also 

resulted in higher energy consumption to cool down the coolant 

(water). Future pathways and further improvements were also 

mentioned. 

INTRODUCTION 

Thermal management of batteries and power sources has 

vital importance in the design and operation processes of the 

relevant application areas such as electric vehicles, renewable 

energy systems, and electronic packaging. The recent 

developments in power sources technologies make them more 

effective but also high heat flux generating devices [1,2]. The use 

of batteries in electric vehicle (EV) operations is one of the most 

popular application areas nowadays and the dynamic operating 

conditions of batteries in EVs make their thermal management 

critical from the viewpoints of thermal performance, safety, and 

longevity [3]. Even though the operating temperature range is 

given between -40 °C and 60 °C, the preferred operating 

temperature range is defined between 15 °C and 35 °C [4] to 

avoid low efficiency, low lifetime, and the potential threat of 

thermal runaway [5]. Therefore, to provide a safe and efficient 

environment for batteries in EVs, the battery packs are equipped 

with well-established cooling techniques of air cooling [4]. On 

the other hand, due to the low heat removal performance of air, 

liquid cooling techniques have been evolving as promising 

alternatives for battery thermal management systems (BTMS), 

particularly for high charging/discharging rates [4,6]. Compared 

to the direct liquid cooling technique, the concept of indirect 

liquid cooling better fits in EV operations as they are “easy-to-

maintaining” with lower risk of leakage and lower power 

consumption (compared to the use of viscous liquids in direct 

cooling applications); however, the indirect liquid cooling, 

mostly called cold plates in EV applications, have additional 

thermal resistance between the heat source and the coolant, and 

thus they may have a higher pressure drop due to the channel 

designs in the cold plate [7,8]. Cold plates usually include 

straight or basic serpentine channels like in Refs. [9,10], which 

can be manufactured via traditional machining; hereby, the 

coolant flow provides a heat sink for absorbing heat from the 

battery surface. Due to the limitations of manufacturing via 

traditional machining, the design of cold plates has had 

challenging constraints. Nevertheless, the recent progress in 

metal additive manufacturing (metal AM) technology has 

created new opportunities for flexible and innovative cold plate 

designs in BTMS applications. For example, Landini et al. [11] 

produced a metal 3D-printed housing for phase change materials 

to be used in the thermal management of Li-ion cells. Also, Al-

Zareer [12] performed a numerical study for a product that can 

be produced via polymer 3D printing. Nonetheless, the research 

gap in the metal AM of cold plates in BTMS is still very big and 

many different solutions can be proposed for better thermal 

performance. 
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This study proposes a new cold plate design for indirect 

liquid cooling applications using the selective laser melting 

(SLM) technique. Instead of a straight-drilled channel structure, 

the new design consists of a cooling cavity with body-centered 

cubic (BCC) support elements inside. The support elements are 

expected to improve the heat transfer thanks to the additional 

contact surfaces during the fluid-solid interaction. The main 

objective of the study is to observe the cooling time trends from 

initial surface temperatures to the target surface temperatures for 

a heated plate that mimics the hot surface of a battery.  

METAL ADDITIVE MANUFACTURING OF THE 
DESIGNED PLATE 

The proposed cold plate was printed using SLM 500 machine 

at Singapore Centre for 3D Printing (SC3DP). The cross-section 

view is presented in Figure 1a. The plate had the outer 

dimensions of 50 mm×50 mm×6 mm whereas there was a 

cooling cavity with a height of 4.0 mm inside. To keep the 

printing quality stable and avoid potential printing-related 

failures, we also designed walls with a thickness of 4 mm. A total 

number of 91 BCC elements were printed in the cavity volume 

with the designed strut radius of 0.5 mm. The measured unit cell 

length of BCCs was 4.0 ± 0.1 mm (the designed value was 4 mm) 

as presented in Figure 2. Each BCC element was designed for a 

volume of 16.9 mm3.  

 

Figure 1 Metal AM process of the cold plate; a) cross-

section view and printing settings, and b) SLM schematic. 

Diagonal scanning with 45° and the rotated layout with 5° 

were used in the SLM process (see Figure 1a) based on our 

previous experiences in the metal 3D printing process [13]. Also, 

the simplified drawing of the SLM process is shown in Figure 

1b. The powder material was SS316L with specific heat and 

thermal conductivity of 476.0 kJ/kgK and 12.6 W/mK, 

respectively [14]. The surface roughness on the cavity surface, 

where the coolant flows, was measured at 2.6±0.02 µm using the 

3D Surface Metrology Microscope (Leica DCM). 

 
Figure 2 Unit length measurements of BCC elements in the 

cooling cavity. 

EXPERIMENTAL SETUP 

The experimental setup was built in the Energy Systems Lab 

at NTU, and the simplified schematic of the setup is illustrated 

in Figure 3.  

 
Figure 3 Simplified view of the experimental setup. 

The setup aimed to mimic a battery pack that consists of 

multiple batteries that are divided by cold plates. Thus, a copper 

heater plate, which was heated by a cartridge heater connected to 

a power source (see the isometric view in Figure 3), was in the 

middle of the plates. The heater plate was able to mimic a battery 

with a heat flux above 1000 W/m2. The voltage of the power 

source was kept constant during experiments to supply 

continuous and constant thermal energy throughout the 

experimental period. Two heated plates (aluminum) were placed 

on both sides of the heater plate. Each heated plate had six 

thermocouple (type J) holes. For each heated plate, 

thermocouples were located in two rows; each row had three 

thermocouple housings (see the isometric view in Figure 3). 
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Hereby, we aimed to measure the temperature difference 

between two rows for each heated plate. To prevent potential 

temperature misreading and thermocouple failures during the 

experimental period, three thermocouples were implemented 

instead of one for each row. As mentioned above, the main 

purpose was to design a lab-scale setup that can mimic a battery 

pack so that both heated plates were connected to the data logger 

via thermocouples. Thereby, we were able to measure whether 

both sides were heated by the same heat flux or not. All 

thermocouples were calibrated before the experiments. Heat flux 

measurement was done frequently using a heat flux sensor 

(Hukseflux FHF03-05, The Netherlands), which was also 

calibrated before the experiments. The measured heat flux was 

1049.1±44.9 W/m2 which represented a high heat flux for 

batteries at high charging/discharging rates [9,11,12]. The 

designed cold plates were located on the free sides of the heated 

plates; then, their other sides were covered by insulation 

materials to prevent heat loss from the small pack to the 

environment. The setup was capable of operating two cold plates 

at the same time, which could make the cooling system “double-

sided cooling”. However, the current work focused on “single-

sided cooling”, which means only one of the cold plates was 

operated while the other was not filled with a coolant flow (see 

the isometric view in Figure 3). The cooling process was 

achieved using a closed-loop water circulation between the cold 

plate and the water bath. At the inlet and outlet, pressure and 

temperature values were measured via pressure gauges and 

thermocouples (type J). The whole plate body was placed in a 

Teflon housing.  

The experimental procedure is given as follows: i) the heated 

plate was heated by using the heater plate with a constant heat 

flux until reaching the initial surface temperatures (Tinitial) of 

40.0±0.1 °C, 42.5±0.1 °C, and 45.0±0.1 °C, respectively. The 

reason behind selecting those temperature values was they were 

the highest charging temperature values of different Li-ion 

battery types in EV applications [15].  Values were calculated by 

using the Fourier’s law of heat conduction between the row of 

the thermocouples (closer to the cold plate) and the interface 

between the cold plate and the heated plate; ii) after reaching 

Tinitial value, the cold plate, which circulated coolant (water) at 

the coolant temperatures (Tcoolant) of 15.9±0.2 °C, 20.1±0.1 °C, 

and 24.6±0.1 °C, respectively; was contacted with the heated 

plate as shown in Figure 3; iii) the cooling period was performed 

until the surface temperature of the heated plate reached the 

target surface temperatures (Ttarget) of 35.0±0.1 °C and 32.5±0.1 

°C. The defined Ttarget values were reasonable values according 

to the preferred operating conditions of the BTMS (15.0 °C-35.0 

°C [4]) and the tropical environment of Singapore. The flow rate 

of the water was measured at 3.4±0.09 L/h. To define the 

operating conditions accurately, the uncertainties of temperature 

and pressure sensors were calculated using the equation below, 

δR= [∑ (
∂R

∂Xi
δXi)

2
N
i=1 ]

1 2⁄

     (1) 

where δR is the overall uncertainty; δXi is the uncertainty in 

variable i, and ∂R/(∂Xi ) is the sensitivity coefficient for the term 

R according to the term Xi [16]. The calculated uncertainties 

were ±0.69 °C for the two rows of the heated plates, ±0.57 °C 

for the temperature of the circulated water in the closed-loop, and 

±70.7 Pa for the pressure of the circulated water in the closed 

loop. From the viewpoints of reliability and repeatability, all the 

experiments were repeated three times. The temperature was 

collected from thermocouples every two seconds so that the 

cooling time was measured when the temperature decreased 

from Tinitial to Ttarget as shown in the equation below, 

tcooling=t@initial-t@target     (2) 

where t denotes time with the unit of seconds (s). An example of 

calculating cooling time is shown in Figure 4. Besides the 

experimental parameters, the ambient conditions were also 

important. The ambient temperature and relative humidity were 

measured in the range of 28.0 °C-30.0 °C and 70 %-90 %, 

respectively. Also, the air velocity just above the setup was 

measured at approximately 3.0 m/s using an anemometer due to 

the large fans operated at the top of the laboratory.  

 
Figure 4 Curve of cooling trend and calculation of the cooling 

time according to different target surface temperatures 

(Tinitial=40.0 °C; Tcoolant=15.9 °C). 

RESULTS AND DISCUSSION 

Trends of cooling time are presented according to the 

different coolant temperature values in Figure 5a-c. The cooling 

of the heated surface with the coolant temperature of 15.9 °C 

(Figure 5a) shows that the cooling time was 60 s and 113 s for 

the target temperatures of 35.0 °C and 32.5 °C, respectively, for 

Tinitial of 40.0 °C. When Tinitial was considered at 42.5 °C, the 

cooling time was calculated at 76 s and 129 s for the target 

temperatures of 35.0 °C and 32.5 °C, respectively. At the highest 

Tinitial (45.0 °C), the cooling time was 91 s and 143 s for the target 

temperatures of 35.0 °C and 32.5 °C, respectively. That is to say, 

the cooling time increased by 31 s to decrease the surface 

temperature below 35.0 °C when Tinitial increased from 40.0 °C 

to 45 °C. At the lowest Ttarget (32.5 °C), while Tinitial increased 

from 40.0 °C to 45 °C, the cooling time increment was found 30 

s, from 113 s to 143 s, which was similar to the increase in the 

cooling time in the case of Ttarget at 35.0 °C. At the coolant 

temperature of 20.1 °C (Figure 5b), the cooling time was 72 s 

and 144 s for the target temperatures of 35.0 °C and 32.5 °C, 

respectively, when Tinitial was 40.0 °C. However, the cooling 

temperature increased to 92 s and 164 s for the same target 

surface temperatures when Tinitial was 42.5 °C. When Tinitial 
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reached 45 °C, the cooling time was calculated at 106 s and 180 

s for the target temperatures of 35.0 °C and 32.5 °C, respectively. 

The cooling time increment was found at 34 s and 36 s for the 

target temperatures of 35.0 °C and 32.5 °C, respectively when 

Tinitial increased from 40.0 °C to 45.0 °C.  

 
Figure 5 Trends of cooling time from three initial surface 

temperatures to the target temperatures of 32.5 °C and 35.0 °C 

according to the coolant temperatures of a) 15.9 °C, (b) 20.1 

°C, and (c) 24.6 °C. 

The cooling time trends at the highest coolant temperature 

(24.6 °C) are shown in Figure 5c. At Tinitial of 40.0 °C, the cooling 

time was calculated 280 s and 584 s for the target temperatures 

of 35.0 °C and 32.5 °C, respectively. When Tinitial became 42.5 

°C, the cooling time values were found at 342 s and 636 s for the 

same sequence of target surface temperatures. At the highest 

Tinitial value (45.0 °C), the cooling time reached the longest 

values as 378 s and 672 s for the target temperatures of 35.0 °C 

and 32.5 °C, respectively. The cooling time increment became 

98 s for both target surface temperatures of 32.5 °C and 35.0 °C 

when Tinitial increased from 40.0 °C to Tinitial at 45.0 °C. The 

results deduced that the cooling time increments (when Tinitial 

increased from 40.0 °C to Tinitial at 45.0 °C) did not change 

significantly when we applied the coolant temperatures of 15.9 

°C and 20.1 °C but there was a huge increment in the case of 

applying the coolant temperature of 24.6 °C. In addition to Ttarget 

values of 32.5 °C and 35.0 °C, Figure 5a also plots the cooling 

time trends for Ttarget of 39.0 °C, which was out of the preferred 

operating temperature range of BTMS but gave us a better 

understanding of the cooling time trends above the preferred 

operating range. It was seen that the error bars increased by 

decreasing the target surface temperature from 39.0 °C to 32.5 

°C. The reason was the longer cooling period; namely, targeting 

a lower surface temperature inherently increased the cooling 

time so that higher error bars were observed at lower target 

surface temperatures, which were closer to the ambient air 

temperature (ranged between 28.0 °C and 30.0 °C) and therefore 

the thermal energy balance. Hence, temperature decrement per 

second (or split-second) became smaller at lower target surface 

temperature and the temperature data recording might miss some 

of those small changes since it collected temperature data every 

two seconds.  

Besides the impact of different Tinitial values, Figure 6 

presents comparative plots for different coolant temperatures at 

constant Tinitial values. As also shown in Figure 5, the case of 

Tcoolant at 24.6 °C had the highest cooling time independent of the 

initial surface temperature. Compared to Tcoolant at 24.6 °C, the 

cooling process with Tcoolant at 20.1°C achieved 49.9%-52.5% 

shorter cooling time at Tinitial values of 40.0 °C, 42.5 °C, 45.0 °C 

if Ttarget was defined at 35.0 °C. In the case of Ttarget at 32.5 °C, 

the decrement rate was in the range of 53.4%-55.4%. When the 

difference between Tcoolant at 15.9°C and Tcoolant at 20.1°C was 

analyzed, the decrement rate in cooling time was found 50.4%-

53.4% for the Ttarget of 35.0 °C. Decreasing the Ttarget value to 

32.5 °C made the decrement range 52.9%-54.4%. That is, 

decreasing the coolant time by 4.2 °C-4.5 °C achieved nearly 

50% decrement in the cooling time as independent of the changes 

in Tinitial values. However, it is worth mentioning that decreasing 

the cooling time also resulted in energy consumption for cooling 

the coolant from the ambient or reservoir temperature to the 

aimed operating temperature. Thus, the trade-off between 

thermal performance and cost-effectiveness must be known well. 

In addition, Figure 6 infers that the error bars were minimum at 

Tcoolant of 24.6°C but then significantly increased at Tcoolant of 

20.1°C and 15.9°C. One of the notable reasons for observing 

high error bars at Tcoolant of 20.1°C was the changes in the 

ambient environment (temperature) during the experiments 

(three repeats). However, the main reason for observing high 

error bars at both Tcoolant of 20.1°C and 15.9°C was the water 

condensation on the plate surface. Since the Tcoolant of 20.1°C and 

15.9°C were below the dew point temperature, a considerable 

amount of water was condensed on the plate surface; thus, the 

measurements were most probably negatively affected from the 
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viewpoint of accuracy (error analysis). Even though the major 

parts of the plates were covered by a Teflon housing, the top 

parts of the plate were open to the ambient environment and 

those parts were directly affected by the changes in the ambient 

environment. The condensation on the plate surface resulted in 

an additional layer (thermal resistance) during the heat transfer 

and can affect the temperature data recording, which was done 

every two seconds.  

 
Figure 6 Trends of the cooling time from the initial surface 

temperatures of (a) 40.0 °C, (b) 42.5 °C, and (c) 45.0 °C to the 

target temperatures of 32.5 °C and 35.0 °C with respect to the 

coolant temperatures of 15.9 °C, 20.0 °C, and 24.5 °C. 

To overcome or minimize the negative impacts of the 

condensation, the proposed pack-geometry can be completely 

covered (close to the environment) but this also makes the on-

site operation of batteries more difficult from the standpoint of 

safety and quick reachability. Also, the cooling can be operated 

with the coolant temperature above the dew point. This is an 

applicable solution for ambient conditions in temperate and cold 

zones of the globe; however, can be inefficient from the 

viewpoint of cooling performance (e.g. cooling of performance-

COP) in subtropics and tropics.  

Regarding the projected results and relevant discussion 

above, two main constraints in the design & operation processes 

of the metal additive-manufactured cold plates are listed below. 

These constraints bring additional uncertainties that can be 

considered as drawbacks and/or “things-needed-to-be-

improved” in both lab- and pilot-scale operations before 

investigating the performance in a real scale. The first challenge 

is the repeatability of the metal AM products from the viewpoint 

of product quality (e.g. porosity, mechanical strength, 

dimensions of milli- or micro-scale parts) [17]. Although the 

printing settings are kept constant, the product may not be 

exactly the same as other products in a quantity (serial) 

production process. The second critical challenge is the 

monitoring and controlling of the surface roughness in both outer 

and inner walls. The complex designs like the BCC element-

integrated cold plate of this study may encounter challenges in 

removing metal powders from the inside cavity. In the current 

work, the metal powder was removed by using the compressed 

air at high pressure, but more costly and detailed solutions may 

be required in different type of support elements. Also, after 

removing the powder, the surface quality (e.g. roughness) of the 

lateral surfaces of BCC and the surface of the cavity may not be 

the same; thus, the pressure drop can be negatively affected as 

mentioned by Kaur and Singh [18,19] in detail. To monitor and 

analyse the variance of surface roughness in different regions of 

the product, X-ray computed tomography (X-ray CT) can be 

preferred as an effective tool.  

CONCLUSION  

The presented study proposed a new cold plate design 

manufactured via selective laser melting technique as a 

promising alternative to the traditionally manufactured cold 

plates for thermal management applications of power sources. 

The plate consisted of a cooling cavity that was filled with body-

centered cubic (BCC) elements to improve the cooling 

performance. The target application area was selected battery 

cooling in EV applications. A lab-scale experimental setup was 

built with a heating plate, target plate (to be cooled down via cold 

plate), and a cold plate in order to mimic the high heat flux 

operation of batteries in EVs. The heat flux was kept constant at 

1049.1±44.9 W/m2 during the whole experimental period. The 

cooling was provided by using water circulation in the cavity 

with the coolant temperatures of 15.9 °C, 20.1 °C, and 24.6 °C 

whilst the cooling was started when the surface temperature of 

the heated plate reached the temperatures of 40.0 °C, 42.5 °C, 

and 45.0 °C. The target surface temperatures were aimed at 32.5 

°C, and 35.0 °C. The main conclusions are given as follows: 

• The minimum cooling time was calculated at 60.0 s, 

76.0 s, and 91.0 s for the initial surface temperatures of 

40.0 °C, 42.5 °C, and 45.0 °C, respectively, when the 

coolant temperature was 15.9 °C.  
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• The maximum cooling time was calculated at 270.7 s, 

330.7 s, and 366 s for the initial surface temperatures of 

40.0 °C, 42.5 °C, and 45.0 °C, respectively, when the 

coolant temperature was 24.5 °C. 

• Decrease of coolant temperature by 4.2-4.5 °C provided 

decrement in cooling time by nearly 50% but it was also 

the fact that the decreases in coolant temperature 

brought additional energy consumption to the system to 

cool it down from the reservoir/source/tap water 

temperature.  

• When the coolant temperature decreased below the dew 

point temperature of ambient air, a significant amount 

of water condensation occurred and that resulted in 

higher error bars compared to the cooling operations 

with the coolant temperature higher than the dew point 

temperature. 

In the light of the foregoing, future pathways can be driven 

as follows. Using the cooling time, temperature and pressure data 

in the experiments, cooling of performance (COP) analysis can 

be dynamically performed. In addition to the cooling time, 

temperature uniformity on the cold plate surface is another 

crucial objective in avoiding the heated plate from thermal 

runaway conditions; thus, numerical simulations can be 

validated with the experiments first; and then, temperature and 

flow visualization can be conducted to improve the plate design 

and performance. Moreover, parametric studies that consider 

different flow rates, support element type, plate weight, material 

type, ambient air temperature, or the air velocity over the lab-

scale pack can be performed to better understand the 

performance of the proposed cold plate with wider operating 

conditions and parameters. The last but not least, experimental 

and/or numerical comparison studies can be done between the 

metal additive manufactured plates and the traditionally 

manufactured plates (e.g., cold plates with straight-drilled 

channels).  
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ABSTRACT 
Cooling is a crucial aspect in numerous applications where 

the optimal operation of electric, electronic, or electrochemical 

devices requires a controlled operating temperature. In this 

sense, metallic cooling plates are a suitable solution to dissipate 

heat from the surface of these equipment. The refrigeration 

capacity of cooling plates can be improved by circulating cold 

fluid along channels drilled in the metallic plate. The shape of 

these channels plays a critical role on the performance of the 

cooling plate since they affect both the distribution of 

temperature across the plate and the pressure drop required to 

pump the cooling fluid along the channel. The channel shape of 

a cooling plate can be optimized considering the Constructal law, 

which proposes the use of configurations found in nature to 

improve the performance in industrial applications. Following 

the Constructal law, a cooling plate made of aluminum, inside of 

which there is a channel with a shape resembling the outline of a 

flower, was built by a 3D printer. The performance of the plate 

was experimentally evaluated refrigerating the plate with various 

flow rates of cold water. To that end, an experimental facility 

was specifically designed and built to test the cooling capacity 

of the plate. The experimental setup consists of an enclosure 

inside of which the temperature of the atmosphere is controlled 

by a PID system connected to a thermoresistance and a heater, 

and a thermostatic bath to control the temperature of the cooling 

water at the inlet of the plate. The temperature of the plate was 

measured by an IR camera and the heat transfer coefficient by 

forced convection to the fluid were derived from the tests for 

both laminar and turbulent flow regimes of the fluid, obtaining 

values of 1703 and 3639 W/m2K, respectively, with maximum 

variations of 1 % for three replicates of each test, proving the 

high repetitiveness of the experimental procedure proposed. The 

average characteristic cooling time of the plate was measured to 

be 34.9 and 16.5 s for Reynolds numbers of the cooling flow of 

1249 and 4918, respectively. Thus, an increase on the flow rate 

by 4 times results in a reduction of the characteristic cooling time 

by approximately 50 %. 

INTRODUCTION 
Flat plate cooling systems with channels along which a cold 

fluid refrigerates the plate are widely used in several industrial 

applications, such as cooling of electronic devices, temperature 

control in fuel cells or operating temperature reduction of solar 

photovoltaic modules. All these applications require a reduction 

in the peak operating temperature and the prevention of the 

appearance of hot spots. The operation of these systems in a 

specific temperature range results in an increase in the process 

efficiency and contributes to increase the equipment lifespan, 

limiting failures related to thermal issues [1]. 

Heat dissipation using a metallic flat plate with channels to 

circulate a cold liquid is an efficient refrigeration system due to 

the high heat transfer coefficients characteristic of forced 

convection to liquids. However, the use of small diameter 

channels and high velocity for the cooling liquid may lead to 

high pressure drops that implies a high pumping cost, 

counteracting the thermal improvement [2].    

During the last decades, novel configurations for the cooling 

channels have been proposed to minimize the pressure drop of 

the fluid while improving the thermal efficiency of the 

refrigeration plates. Some of these configurations are inspired by 

nature, following the so-called Constructal law. In this regard, 

Almerbati et al. [3] run numerical simulations to determine the 

temperature distribution of a metallic plate using several shapes 

for the channel based on nature. They characterized the different 

configurations of the channel assuming that the cooling liquid 

circulating along the channel maintained a constant temperature. 

Samal et al. [4] complemented the previous work of Almerbati 

et al. [3] by including in the numerical simulation of the cooling 

plate the liquid circulating along the channel. They concluded 

that shapes of the channel inspired by nature patterns allow an 

improvement of the thermal performance of the cooling plates 

while limiting the pressure drop required to pump the fluid along 

the channel. In a more applied work in this line, Mosa et al. [5] 

used the Constructal law to evaluate the performance of radiant 

cooling panels by numerical simulations. The previous results 

published in the specific literature suggest a high potential of 

these cooling systems. However, most of the works available are 

purely numerical and experimental results related to metallic 

cooling plates with channels to circulate cold fluids are still 

scarce. 

In this work, the refrigeration performance of an aluminum 

cooling plate with a channel to circulate cold water was 
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evaluated experimentally. The shape of the channel was inspired 

by nature, specifically by the outline of flowers. An experimental 

technique based on an IR camera was proposed to characterize 

accurately the evolution of the distribution of temperature across 

the plate during transient cooling tests, which consisted in 

refrigerating the plate from a high initial temperature to the lower 

temperature of water, used as cooling fluid. The experimental 

measurements allow the derivation of the heat transfer 

coefficient by forced convection to the circulating water. The 

cooling tests were carried out for two different flow rates of 

water, corresponding to laminar and turbulent regimes, 

respectively, and the repetitiveness of the procedure was 

quantified by conducting three replicates of each refrigeration 

experiment. 

NOMENCLATURE 
 

Ach [m2] Lateral surface of the channel 

Aext [m2] External surface of the plate in direct contact to air 

cp [J/kgK] Specific heat of aluminum 

hw [W/m2K] Heat transfer coefficient by forced convection 
k [W/mK] Thermal conductivity of aluminum 

t [s] Time 

tc [s] Characteristic time 
T0 [K] Initial temperature of the plate 

Ta [K] Ambient temperature 

Tav [K] Average temperature of the plate 
Tmax [K] Maximum temperature of the plate 

Tmin [K] Minimum temperature of the plate 

Ts [K] Surrounding temperature 
Tw [K] Inlet temperature of water 

Ua [W/m2K] Global heat transfer coefficient for heat dissipation to air 

V [m3] Volume of solid plate 
   

Special characters 

 [-] Dimensionless average plate temperature  

 [kg/m3] Density of aluminum 

T [ºC] Standard deviation of temperature across the plate  

 [-] Dimensionless time 

MATERIALS AND METHODS 
 

Experimental setup 

Fig. 1 shows a schematic of the experimental facility 

specifically designed and built to conduct the transient cooling 

experiments. The non-steady refrigeration tests were carried out 

under a controlled atmosphere. The cooling plate was introduced 

into an enclosure whose temperature is maintained constant by a 

PID system connected to an electric heater. The cooling plate 

was supported by a PVC insulator plate to minimize the heat 

losses through the bottom of the plate, which is considered 

adiabatic. The initial temperature of the plate was set by a flat 

plate electric resistor connected to a PID system, whose input 

was given by a thermoresistance located at the bottom of the 

cooling plate. The power of the flat plate is 200 W and the 

dimensions are 200x300 mm2, resulting in an average heat flux 

of 3.3 kW/m2. The temperature of cooling water was controlled 

by a thermostatic bath. The required flow rate of cooling water 

was supplied to the cooling plate by a gear pump and measured 

by a flow meter. The temperature distribution of the top surface 

of the cooling plate was monitored during the cooling 

experiment by an IR camera and stored in a computer. 

Cooling plate 

The cooling plate tested is square in shape, with a side of 

15 cm and a thickness of 1 cm. The plate was printed in 3D, using 

aluminum as printing material, and leaving a free channel of 

circular cross section with 6 mm in diameter on the middle plane 

of the plate thickness to circulate cooling water. The properties 

of the solid aluminum used to print the plate are: density 

 = 2650 kg/m3, specific heat cp = 890 J/(kg·K), and thermal 

conductivity k = 113 W/(m·K). The shape of the channel was 

selected to resemble the outline of a flower. It is shown in Fig. 2, 

where a top view of the channel is represented. The roughness of 

the channel is lower than 80 μm.  

 

 

Figure 1 Schematic of the experimental facility. 

Experimental procedure 

Prior to the refrigeration experiments, the temperature of the 

ambient air of the enclosure was set to Ta = 23 ºC by the PID 

system connected to the electric heater. The temperature of 

cooling water was also fixed to Tw = 23 ºC in the thermostatic 

bath, which recirculated water to approach to the setting point. 

The flat plate electric resistor was placed over the cooling plate 

to increase its temperature to T0 = 55 ºC. Once the temperature 

of ambient air, cooling water and cooling plate were stabilized at 

the desired values, the refrigeration test started by suddenly 

removing the flat plate electric resistor from the aluminum plate 

and pumping cold water along the channel at the selected flow 

rate, while monitoring the evolution of the temperature 

distribution on the top surface of the cooling plate with the IR 

camera. Considering the small thickness of the plate and the high 

thermal conductivity of aluminum, the Biot number is less than 

0.1, so the temperature gradient along the plate thickness can be 

considered negligible. The uncertainty of the ambient 

temperature is 0.8 ºC, whereas the uncertainty of the IR camera 

is 2 ºC. 

 

  
Figure 2 Top view of half of the cooling plate. The channel is 

represented in grey and the solid aluminum in black. 
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Two kinds of experiments were performed to characterize the 

cooling capacity of the system. First, the heat dissipation from 

the cooling plate to ambient air was studied by increasing the 

temperature of the plate to the initial temperature and monitoring 

the temperature of the top surface of the plate while the plate 

released heat by combined natural convection and radiation to 

ambient air, i.e., with no circulation of cooling water. This first 

test allowed the determination of the global heat transfer 

coefficient for heat dissipation to ambient air of the plate. Then, 

refrigeration tests circulating water along the channel of the plate 

were conducted to determine the heat transfer coefficient by 

forced convection to cooling water. These experiments were 

carried out for two different flow rates, corresponding to laminar 

and turbulent flow regimes of water in the channel. Each case 

was replicated thrice to prove the repetitiveness of the 

experimental procedure proposed.  

THEORY 
Considering the whole solid plate as a thermodynamic 

system and assuming that cold water circulating along the 

channel is kept at the inlet temperature Tw, which coincides to 

the temperature of ambient air Ta, i.e. Tw = Ta = Ts, the energy 

conservation equation for the plate can be written as follows: 

𝜌𝑉𝑐𝑝
d𝑇𝑎𝑣

d𝑡
=  −𝑈𝑎𝐴𝑒𝑥𝑡(𝑇𝑎𝑣 − 𝑇𝑠) − ℎ𝑤𝐴𝑐ℎ(𝑇𝑎𝑣 − 𝑇𝑠) (1) 

where  is the density of aluminum, V the volume of the solid 

plate, cp the specific heat of aluminum, Tav the average 

temperature of the plate, t the time, Ua the global heat transfer 

coefficient by combined natural convection and radiation to 

ambient air, Aext the external surface of the plate in direct contact 

to ambient air, Ts the temperature of the surroundings (either 

ambient air or cooling water), hw the heat transfer coefficient by 

forced convection to cooling water, and Ach the lateral surface of 

the channel inside the plate. 

The energy conservation equation, Eq. (1), can be expressed 

in dimensionless form as a function of the dimensionless average 

temperature , defined as: 

 =
𝑇𝑎𝑣−𝑇𝑠

𝑇0−𝑇𝑠
           (2) 

and the dimensionless time  : 

 =
𝑡

𝑡𝑐
= 𝑡 (

𝜌𝑉𝑐𝑝

𝑈𝑎𝐴𝑒𝑥𝑡+ℎ𝑤𝐴𝑐ℎ
)

−1

        (3) 

Using these dimensionless parameters, the solution of the 

energy conservation equation of the plate reads: 

 = exp(−)       (4) 

This equation allows the calculation of the global heat 

transfer coefficient by combined natural convection and 

radiation Ua by an inverse exponential fitting of the 

experimentally measured average temperature of the plate Tav 

with time t during a cooling experiment to ambient air, i.e., with 

no cooling water flow, hw = 0 W/m2K. After determining the 

value of Ua, the fitting of the average temperature of the plate 

with time to an inverse exponential in the form of Eq. (4) can 

lead to derive the forced convection heat transfer coefficient hw 

as a fitting parameter for a cooling experiment circulating cold 

water along the channel of the plate. 

RESULTS AND DISCUSSION 
The measurements carried out by the IR camera during the 

experimental campaign were postprocessed to determine the 

distribution of temperature across the plate and the time 

evolution of the maximum, minimum and average temperature 

of the plate, from which the forced convection coefficient was 

determined. The analysis was conducted for two different water 

flow rates, resulting in Reynolds numbers of Re = 1249 and 

4918, corresponding to laminar and turbulent flow, respectively. 

   
Figure 3 Evolution of the distribution of temperature across the plate as a function of time for laminar and turbulent flow.
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Figure 4 Time evolution of the maximum, average and minimum temperature of the plate for (left) laminar and (right) turbulent flow. 

Distribution and evolution of temperature across the plate 

The IR camera allowed to measure the distribution of 

temperature across the top surface of the cooling plate. The high 

resolution of the IR camera permits the measurement of 

temperature on 412x412 points uniformly distributed on the 

plate surface. Therefore, the distribution of temperature across 

the plate surface could be accurately determined from the IR 

camera measurement, which was found to be a useful non-

intrusive measurement technique. The distribution of 

temperature across the plate is illustrated in Fig. 3 for specific 

instants of the cooling process, from t = 2 s to t = 22 s with a time 

interval of 4 s, for both the experiments with a laminar and a 

turbulent flow of cooling water. 

The capacity of cold water flowing along the channel to cool 

down the plate can be observed in Fig. 3. As time progresses, 

flowing water refrigerates the plate, whose temperature 

gradually decreases. At the first stages of the cooling process, 

most of the plate is still at the initial temperature and the channel 

along which cold water flows is visible in the images as a zone 

of lower temperature. The zone of the channel where the 

temperature is lower corresponds to the inlet of the cold water 

flow, whereas the heating of water in its path along the channel 

results in a higher temperature of the fluid close to the end of the 

channel. Heat is dissipated by conduction across the aluminum 

plate to the channel as the non-steady cooling experiment 

evolves. A faster cooling process can be attained by increasing 

the flow rate of cold water along the channel, due to the higher 

cooling capacity and the increasing values of the forced 

convection heat transfer coefficient for a higher fluid velocity 

and when evolving from a laminar to a turbulent regime [6]. 

The evolution of the aluminum plate temperature during the 

cooling process was analyzed focusing on the characteristic 

temperatures of the plate, namely the minimum temperature Tmin, 

the maximum temperature Tmax, and the average temperature Tav. 

The time evolution of the characteristic temperatures of the plate 

is depicted in Fig. 4 for both the laminar and the turbulent flow 

cooling experiments. Initially, t = 0 s, the whole plate is at the 

initial temperature T0, and the maximum, minimum and average 

temperature of the plate coincide at around T0 = 55 ºC in both 

cases, when cooling water is still not flowing along the channel. 

Then, as time progresses, the minimum temperature decreases 

suddenly when cold water enters in the channel, obtaining the 

minimum temperature of the plate over the inlet of cooling water 

to the channel. Fig. 3 shows that the maximum plate temperature 

is located in all cases in the corner closest to the outlet of the 

liquid flow. At this point, the distance to the channel is 

maximum, and compared to the closest corner to the inlet of 

cooling water, the liquid is slightly warmer at the outlet resulting 

in a decreased of the heat flux from this point to the channel. The 

average temperature of the plate follows an inverse exponential 

decrease with time, approaching gradually to the inlet 

temperature of water, Tw = 23 ºC. When comparing with the 

average temperature, the evolution of the maximum temperature 

of the plate is delayed due to the time required to dissipate heat 

by conduction across the aluminum plate from points distant to 

the channel. A clear effect of the flow rate of cooling water can 

be also observed in Fig. 4. A higher flow rate of cold water 

results in a faster cooling of the plate (notice the different scale 

in the x-axis of Fig. 4). However, the higher capability of water 

to remove heat from the channel of the plate when increasing the 

flow rate leads to a higher variability of temperature across the 

plate, i.e., a larger difference between the maximum and 

minimum temperature, due to the slower heat dissipation by 

conduction across the plate compared to the higher forced 

convection.      

The higher variability of temperature in the plate for the 

higher water flow rate can be observed better by determining the 

evolution of the standard deviation of the temperature across the 

plate T during the cooling processes with a turbulent and 

laminar flow. The results are shown in Fig. 5, where the 

evolution of the standard deviation of temperature across the 

plate with time is represented. In both cases, the standard 

deviation of temperature in the plate increases sharply at the 

beginning of the refrigeration experiment, when cold water starts 

to flow along the channel and the regions of the plate far from 

the channel are still at a high temperature. After the sudden 
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increase, the standard deviation of the plate temperature 

decreases progressively as the cooling process evolves. The 

effect of the cold water flow rate on the standard deviation of 

temperature in the plate is evident in Fig. 5. The higher flow rate 

corresponding to turbulent flow induces a higher maximum 

value of the standard deviation of the plate temperature, of 

around 4.5 ºC, whereas for laminar flow, the lower flow rate of 

cooling water results in a lower maximum value of T, of 

approximately 3 ºC. The higher refrigeration capacity achieved 

with larger cooling fluid flow rates can also be observed in 

Fig. 5, as the decrease of the standard deviation of the plate 

temperature for the turbulent flow is faster than that of the 

laminar flow cooling experiment.  

  

Figure 5 Time evolution of the standard deviation of 

temperature across the plate for laminar and turbulent flow 

cooling processes. 

Determination of the heat transfer coefficient due to forced 

convection to the cooling fluid 

The results of the heat dissipation to ambient air by combined 

natural convection and radiation experiment are reported in 

Fig. 6. Obviously, heat dissipation to ambient air is much slower 

than refrigeration by forced convection to a cold liquid, which 

can be clearly observed by comparison of the time evolution of 

the average temperature of the plate during the dissipation to 

ambient air experiment depicted in Fig. 6 a) with the average 

plate temperature during forced convection refrigeration tests, 

represented in Fig. 4. The experimental evolution of the 

dimensionless temperature  with time is plotted in Fig. 6 b), 

together with the fitting of this parameter to an inverse 

exponential decrease as that of Eq. (4). A fairly good agreement 

between the experimental data and the fitting can be observed in 

the figure. The global heat transfer coefficient by combined 

natural convection and radiation from the plate to ambient air, 

Ua, is determined as the fitting parameter from Eq. (4), fixing 

hw = 0 W/m2K. The value obtained was Ua = 10 W/m2K, which 

is similar to typical values for heat dissipation to ambient air 

obtained from widely used correlations such as those of 

McAdams [7] and Churchil and Chu [8]. This value is the 

average result of two replicates of the ambient dissipation test 

for which the deviation of each experiment from the average 

value is below 0.4 W/m2K, corresponding to a maximum 

deviation of 4 %. Therefore, the facility built and the 

experimental procedure proposed was found to be reliable to 

obtain repetitive results for the transient cooling of the plate by 

dissipation of heat to the ambient. 

 

 

Figure 6 Heat dissipation to ambient air. Time evolution of 

(top) average temperature and (bottom) dimensionless 

temperature. 

The time evolution of the average temperature of the plate 

during the transient cooling tests circulating cold water along the 

channel of the plate, illustrated in Fig. 4, was used to calculate 

the evolution of the dimensionless temperature with time for 

both laminar and turbulent flows. The experimental values of the 

dimensionless temperature for both flow regimes are included in 

Fig. 7, together with the inverse exponential fitting in the form 

of Eq. (4). Again, the match between the experimental curves 

and the fitting was satisfactory, informing of the reliability of the 

process here proposed to determine the forced convection 

coefficient. From the fitting, the heat transfer coefficient by 

forced convection to the cold water flow, hw, can be derived from 

Eq. (4) as a fitting parameter, provided that the global heat 

transfer coefficient for heat dissipation to ambient air, Ua, is 

known from the dissipation to ambient air test. 
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Figure 7 Experimental measurement and fitting of the time 

evolution of the dimensionless temperature. 

The transient refrigeration tests circulating water along the 

channel were conducted for two different flow rates, 

corresponding to Reynold numbers of 1249 and 4918. Thus, the 

flow is expected to be laminar in the former case and turbulent 

in the later. For each case, three replicates of the experiment were 

carried out to check the repetitiveness of the procedure. For each 

case, the evolution of the dimensionless temperature measured 

experimentally was fitted to an inverse exponential trend, as 

indicated by Eq. (4), obtaining the characteristic time tc and the 

forced convection coefficient to cold water hw as fitting 

parameters. The values obtained for the characteristic time tc and 

the forced convection coefficient to cold water hw for each 

replicate are reported in Table 1. 

Table 1 Characteristic time and forced convection coefficient 

to cold water obtained for each replicate of the test. 

Re [-] tc [s] hw [W/m2K] 

1249 34.6 1718 

1249 35.2 1686 

1249 34.8 1705 

4918 16.4 3661 

4918 16.6 3610 

4918 16.5 3646 
 

The effect of increasing the flow rate on the refrigeration 

performance of the plate can also be observed in Table 1, where 

an increase in the flow rate by around 4 times results in a 

reduction in the characteristic time of cooling by approximately 

50 %. The average values of the forced convection heat transfer 

coefficient obtained for Reynolds numbers of 1249 and 4918 

were 1703 and 3639 W/m2K, respectively. These values are in 

good agreement with those reported in specific literature for 

forced convection in tubes, proving the accuracy of the 

experimental method proposed to derive the coefficients. In 

addition, the maximum deviation of all replicates respect to the 

average convection coefficient is below 1 %, confirming the high 

repetitiveness of the experimental procedure proposed. 

CONCLUSION  
The refrigeration performance of a metallic cooling plate 

with a channel along which cold water circulated was evaluated 

experimentally. An experimental technique based on monitoring 

the evolution of the temperature distribution across the plate by 

an IR camera was proposed. The shape of the channel inside the 

plate was inspired by the outline of flowers, following the 

concept of Constructal law. The cooling plate was built by a 3D 

printer, using aluminum as support material. 

The cooling tests allow the derivation of both the global heat 

transfer coefficient for dissipation to ambient air and the heat 

transfer coefficient by forced convection to cold water flowing 

along the channel. The global heat transfer coefficient for heat 

dissipation to ambient air was derived from the time evolution of 

the average temperature of the plate measured experimentally 

when no water was circulated along the channel, obtaining a 

value of 10 W/m2K, in agreement with typical values found in 

the specific literature. The refrigeration experiment flowing cold 

water along the channel were performed for two values of the 

flow rate, obtaining values of the heat transfer coefficient of 

1703 and 3639 W/m2K, similar to those reported in the literature 

for forced convection to liquids. The tests were replicated thrice, 

obtaining deviations of the heat transfer coefficient by forced 

convection below 1 % for all replicates.  
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ABSTRACT 
Due to the new restrictions and ongoing phase down of high 

GWP refrigerants as part of the F-gas regulation, there is an 
increased focus on the amount of refrigerant used in the 
HVAC&R systems. There are studies which predict that not 
operating at the optimum refrigerant charge can impact the 
cooling capacity and the efficiency of the system. Usually, the 
charge optimization is done at the nominal operating conditions 
and the same level of charge is used even when the system is 
operating at part load conditions. Beginning 2023, there are new 
DOE requirements for the HVAC systems to have higher SEER 
in the USA. In the current study, the optimum charge is 
compared for different scroll compressors; variable speed 
compressor and a single speed compressor in the same R410A 
water ethylene glycol (WEG) chiller having a nominal cooling 
capacity of 8 kW. The seasonal performance is estimated using 
the metric IPLV.SI given by AHRI 551/591 (2020) standard. The 
results indicate that the charge optimization of a compressor with 
capacity modulation has a higher impact on the efficiency at part 
load conditions than the nominal conditions. Additionally, the 
effect of condenser and subcooler size on the charge 
optimization in a dedicated subcooler system is studied. The 
results also show that there is an optimum heat transfer between 
the condenser and the subcooler which determines the optimum 
refrigerant charge. The charge optimization results predict a peak 
in efficiency when the subcooler has peak in the heat transfer. It 
is also seen that this peak is more pronounced at the part load 
conditions than the nominal conditions. Different configurations 
of the condenser with/without the subcooler and receiver are 
investigated to understand how the amount of heat transfer 
happening the condenser and subcooler can affect the efficiency 
of the system. Based on the experimental results, the difference 
in the order of 5% in IPLVS.SI is found when comparing 
optimum charge and non-optimum charge in a variable speed 
compressor. 

INTRODUCTION 
There are new restrictions on high GWP refrigerants as part 

of the F-gas regulation. This increases the focus on potential 
benefits of having the optimum charge in a HVAC&R systems. 
There are experimental studies which show the impact of charge 
level on cooling/heating capacity and energy efficiency. A 

refrigerant charge reduction of 25% led to an average energy 
efficiency reduction of about 15% and capacity degradation of 
about 20%. When the refrigerant was charged to 75% of design, 
the SEER value decreased by 16% [1]. An experimental 
investigation was conducted to study the effect of low charge 
level of R-22 on the performance of a 3-ton residential air 
conditioning system. The experimental results show that if a 
system is undercharged to 90 per cent there is only a 3.5 percent 
reduction in cooling capacity however, the system performance 
suffers serious degradation if the level of charge drops below 80 
per cent [2]. 

NOMENCLATURE 

𝐶  [-] Degradation coefficient 
𝐶𝑂𝑃 [-] Coefficient of performance 
𝐶  [kJ/kgK] Specific heat 
IPLV.SI [-] Integrated Part Load Value 
ℎ [kJ/kg] Enthalpy 
𝐿𝐹 [-] Load Factor 
𝑚 [kg/s] Mass flow rate 
𝑄 [kW] Heat transfer rate 
SC [°C] Subcooling 
SH [°C] Superheat 
T [°C] Temperature 
UA [kW/°C] Overall heat transfer coefficient times area 
W [kW] Power 
WEG [-] Water Ethylene Glycol 

Special characters 
ε [-] Error  

Subscripts 
avg Average 
cp Compressor 
ev Evaporator 
ref Refrigerant 
ro Refrigerant, outlet 
weg Water Ethylene Glycol Mixture 

Though there are many studies which predict that not 
operating at the optimum refrigerant charge can impact the 
cooling capacity and the efficiency of the system. The charge 
optimization is done at the nominal operating conditions and this 
charge might not be the optimum for part load operations. 
Beginning 2023, there are new DOE requirements for the HVAC 
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systems to have higher SEER in USA. This increases the focus 
on seasonal performance than a single point efficiency. One of 
the ways to increase the seasonal performance is to use 
compressor capacity modulation.  

In the current study, the optimum charge is compared for 
different scroll compressors; variable speed compressor and a 
single speed compressor in the same R410A water ethylene 
glycol (WEG) chiller having a nominal cooling capacity of 8 
kW. The seasonal performance is estimated using the metric 
IPLV.SI given by AHRI 551/591 (2020) standard [3]. The 
charge optimization is done not only at the nominal rating 
conditions but also the part load conditions. This study also tries 
to explain a peak in COP observed in this dedicated subcooler 
with receiver system when the receiver is empty.  
 
DETAILS OF THE EXPERIMENTAL SETUP 

Figure 1 shows the schematic of R410A Water Ethylene 
Glycol (WEG) chiller. A mixture of 20 % water and ethylene 
glycol is used as the secondary fluid. Two closed WEG loops are 
connected to the evaporator and condenser. Variable speed 
pumps and electric heaters are used to control the WEG flow rate 
and the inlet temperature of the condenser and the outlet 
temperature of the evaporator. An additional heat exchanger with 
chilled water flowing through is included in the condenser WEG 
loop to reject the heat from the condenser WEG loop. All the 
heat exchangers used in the facility are brazed plate heat 
exchangers. A 0.9 L receiver is connected between the condenser 
and the subcooler. Superheat is controlled by an Electronic 
Expansion Valve (EEV) while the subcooling is a function of the 
charge. The geometric dimensions of the evaporator, condenser, 
and subcooler can be found in Table 1. The compressors used are 
scroll compressors with a nominal speed of 1800 min-1. 
 

 
Figure 1 Schematic of the R410A experimental facility 

 
Type-T thermocouples, absolute and differential pressure 

transducers, and Coriolis-type mass flow meters are used to 
obtain the refrigerant side measurements while type-T 
thermocouples, differential pressure transducers, and Coriolis-
type mass flow meters are used to obtain WEG measurements. 
The data is collected at steady-state conditions at 5s intervals for 

20 consecutive minutes, and the data is averaged over the 
collection period. REFPROP 10.0 was used to calculate the 
WEG and R410A properties [4]. The uncertainty of the sensors 
used in the experimental facility is presented in Table 2. This 
uncertainty estimation does not include the uncertainty in 
thermophysical properties. However, the uncertainty in enthalpy 
difference can be approximated as the uncertainty in specific 
heat which is around ±0.5% [4]. 

 
Table 1 Dimensions of the brazed plate heat exchangers 

Heat 
exchanger 

Length 
(mm) 

Width 
(mm) 

Number of 
plates 

Evaporator 311 111 28 
Condenser 311 111 14 
Subcooler 207 77 14 

 
Table 2 Summary of measured and calculated property 

uncertainties 

Instru
ment 

Ther
moco
uple 
(°C) 

Pressure 
transduc
er (kPa) 

Mass 
flow 
meter 
(g/s) 

Wattm
eter 

(kW) 

Capac
ity 

(kW) 

COP 
(-) 

Uncert
ainty 

±0.1 ±0.2% ±0.2% ±0.5% ±1.5% ±1.6% 

 
The capacity is calculated on the refrigerant side and the 

WEG side. For the WEG side, mass flow rate, temperature, and 
specific heat are used to calculate capacity as shown in Equation 
(1). For the refrigerant side, temperature and pressure are used to 
calculate the enthalpy which is then used with the mass flow rate 
to calculate the capacity as shown in Equation (2). The capacity 
reported is the average of the refrigerant side and WEG side 
capacity given by Equation (3). The difference between the two 
capacities is indicated by the error given by Equation (4). This 
error is always less than 3% for the part load rating tests. Power 
consumed by the compressor is measured using a Wattmeter. 
The ratio of the average capacity and power consumed by the 
compressor is used to calculate the 𝐶𝑂𝑃  as shown in Equation 
(5). 

�̇� , = �̇� 𝐶 ∆𝑇 (1) 
 

�̇� , = �̇� ∆ℎ (2) 
 

�̇� , =
( ̇ , ̇ , )

 (3) 

 

𝜀 =
( ̇ , ̇ , )∙

̇ ,
 (4) 

 

𝐶𝑂𝑃 =
�̇� ,

�̇�
    (5) 

AHRI 551/591 (2020) STANDARD 
The AHRI 551/591 standard is used for the determination of 

the part-load performance of water chillers. The standard defines 
a single number part-load efficiency figure of merit called 
Integrated Part Load Value (IPLV.SI) calculated at the part load 
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rating conditions. These part load rating conditions are shown 
below in Table 3. IPLV.SI is the weighted average of the 𝐶𝑂𝑃  
measured at these standard rating conditions as shown in 
Equation (6). These factors in Equation (6) are based on the 
weighted average of the most common building types and 
operations using average weather in 29 U.S cities. 

𝐼𝑃𝐿𝑉. 𝑆𝐼 = 0.01 ∙ 𝐴 + 0.42 ∙ 𝐵 + 0.45 ∙ 𝐶 + 0.12 ∙ 𝐷 (6) 
𝐴 = 𝐶𝑂𝑃  𝑎𝑡 100%  
𝐵 = 𝐶𝑂𝑃  𝑎𝑡 75% 
𝐶 = 𝐶𝑂𝑃  𝑎𝑡 50% 
𝐷 = 𝐶𝑂𝑃  𝑎𝑡 25% 

 
If a compressor cannot be unloaded to 25%, 50%, or 75% 

load point, then the compressor is run at the minimum step of 
unloading at the condenser entering water shown in Table 3 for 
25%, 50%, or 75% capacity points as required. Once the 𝐶𝑂𝑃  
is calculated at these conditions using Equation (6), it is degraded 
to 𝐶𝑂𝑃  using the Equation (8), (9), (10), and (11). 

𝐶𝑂𝑃 =
𝐶𝑂𝑃

𝐶  (8) 
𝐶 = (−0.13 ∙ 𝐿𝐹) + 1.13 (9) 

𝐿𝐹 =
(% )(  %)

 %
 (10) 

 
%𝐿𝑜𝑎𝑑 =

(𝑃𝑎𝑟𝑡 𝑙𝑜𝑎𝑑 𝑛𝑒𝑡 𝑐𝑎𝑝𝑎𝑐𝑖𝑡𝑦)
(𝐹𝑢𝑙𝑙 𝑙𝑜𝑎𝑑 𝑟𝑎𝑡𝑒𝑑 𝑛𝑒𝑡 𝑐𝑎𝑝𝑎𝑐𝑖𝑡𝑦) (11) 

 
Table 3 AHRI 551/591 part load conditions for IPLV.SI 

Condition 
Part load 
ratio (%) 

Condenser 
Inlet/Outlet 

(°C) 

Evaporator 
Inlet/Outlet 

(°C) 
A 100 30/35 12/7 
B 75 24.5/* */7 
C 50 19/* */7 
D 25 19/* */7 

 
Table 3 shows the part load conditions. As seen in the table, 

condenser inlet, outlet, and evaporator inlet, outlet are mentioned 
for A condition while for the B, C, and D conditions, only the 
condenser inlet and evaporator outlet temperature are mentioned. 
Standard required that the condenser and evaporator WEG flow 
rate used for the A condition be used for the B, C, and D 
conditions.   

RESULTS 
Single speed compressor charge optimization at A vs C 
condition 

A single speed compressor does not have any capacity 
modulation. It can only operate at a single frequency. The only 
difference between the two test conditions would be the 
temperature of WEG at the condenser inlet. The charge 
optimization results at A condition are shown in Figure 2 and 
Figure 3. Figure 2 shows the variation of the compressor work, 
superheat, and subcooling with the charge. As the charge 
increases, the subcooling increases, until it reaches a plateau. 
Superheat remains the same after the first few points because the 
EEV maintains the same superheat. The high superheat at the 
initial charge is because of the undercharged system. Figure 3 
shows the variation of COP, average capacity, and the 

compressor discharge pressure with the charge. There is a range 
of charge from 1300 g to 1800 g where the curves remain almost 
constant. This range exists because of the receiver present after 
the condenser. As the charge increases in this range, the receiver 
gets filled and the amount of charge present in the remaining 
system remains almost constant. If the charge is increased 
beyond this charge, the receiver can no longer hold the charge 
and liquid starts backing up in the condenser. This is seen by an 
increase in the compressor discharge pressure and increase in the 
subcooling 
 

 
Figure 2: Variation of Wcp, superheat and subcooling with 

charge at A condition 
 

 
Figure 3 Variation of COPtest, Qev,avg, and Pcp,ro with charge at A 

condition 
 

 
Figure 4 Variation of COPtest, Qev,avg, and Pcp,ro with charge at C 

condition 
 

The charge optimization for the single speed compressor at 
the C condition are shown in Figures 4. Similar trends are seen 
for Figure 4 as that of Figure 3. The peak is again observed at 
similar charge, however, the peak in the COP is 4.4 compared to 
a COP of 4.1 at 1500 g. This presence of a COP peak when the 
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receiver is empty requires additional investigation. First step was 
to check if this peak happens with a different compressor. Charge 
optimization was done for a variable speed compressor. Next, 
the seasonal performance of a variable speed compressor was 
compared with a charge corresponding to the COP peak and 
charge corresponding to when the receiver is around half full. 
Later, charge optimization was done for the variable speed 
compressor at C condition. Based on these results, additional 
tests with different refrigerant configurations on the high side 
were conducted. 

 
Variable speed compressor charge optimization 

The selected variable speed compressor at 72 Hz has the 
same cooling capacity as the single speed compressor operating 
at 60 Hz. The variable speed compressor can operate between 20 
and 110 Hz. The charge optimization for the variable speed 
compressor at A condition at 72.5 Hz is shown in Figures 5. The 
COP peak behavior is like the single speed compressor peak 
COP. The peak in the COP is 3.1 at 1100 g compared to a COP 
of 3.0 at 1500 g.   

 
Figure 5 Variation of COPtest, Qev,avg, and Pcp,ro of variable 

speed compressor with charge at A condition 
 

Variable speed compressor charge optimization 

 
Figure 6 COPtest for a variable speed compressor at two 

refrigerant charges  
 

The seasonal performance of variable speed compressor is 
compared with the same operating frequency and WEG flow rate 
for a high charge of 1500 g (when the receiver is half full) and 
low charge of 1100 g (corresponding to peak COP at A 
condition). The compressor at both these charges does not 
encounter any cycling losses so the 𝐶𝑂𝑃  and 𝐶𝑂𝑃  are equal. 
Figure 6 shows 𝐶𝑂𝑃  for the four test points. The percentage 

difference between the high charge and low charge 𝐶𝑂𝑃  is 
also shown in Figure 6. It can be seen in the Figure 6 that the 
difference is higher at the part load conditions C and D compared 
to the A condition. This shows that there is a higher effect of 
refrigerant charge on the 𝐶𝑂𝑃  at part load conditions. The 
IPLV.SI for the low charge is 6.1 and for the high charge is 5.8. 
However, this low charge corresponds to the COP peak at A 
condition. To get a better understanding of the effect of charge 
at part load conditions, charge optimization test is done for the 
variable speed compressor at C condition. 

 
Charge optimization of variable speed at C condition 

Charge optimization of variable speed compressor is done at 
C condition. The peak in COP is observed again before the 
receiver is starting to fill up. To explain the reason why there is 
a peak COP and why it occurs at that charge, the entire charge 
optimization curve is divided into three regions. These three 
regions are shown in Figures 7 and 8. Table 4 contains the 
different parameters variation with charge. The Table 4 presents 
the charge, COP, percentage change in the cooling capacity, 
power consumption between two consecutive refrigerant 
charges. It also shows the difference between the subcooler 
enthalpy of two consecutive charges. The evaporator superheat 
and UA are also available in the Table 4.  
 

 
Figure 7 Variation of COPtest, Qev,avg, and Pcp,ro of variable 

speed compressor with charge at C condition 
 

 
Figure 8 Variation of Wcp, superheat and subcooling of 
variable speed compressor with charge at C condition 

Region 1: In this region, the refrigerant charge added goes to 
the evaporator. Thus, as the charge increases the superheat 
reduces. The increase in the COP in this region is because of the 
increased cooling capacity which in turn is due to the increase 
evaporator UA. The reduced evaporator superheat causes this 
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increase in the evaporator UA. Additionally, the subcooler outlet 
enthalpy which is equal to the evaporator inlet enthalpy increases 
in this region. Thus, there is no positive impact of the subcooler 
in this region. These trends are shown in Table 4. The increasing 
cooling capacity and evaporator superheat have a positive effect 
as indicated by the green colour while there is a negative impact 
of the increasing subcooler outlet enthalpy shown by the red 
colour. 

Table 4: Variation different parameters with charge for a 
variable speed compressor at C condition 

 
Max COP point: This point corresponds to the charge when 

the EEV starts functioning and the superheat is maintained 
constant. The evaporator UA value thus reaches a constant value. 
The increase in the cooling capacity at this point compared to the 
previous charge is due to the decrease in subcooler exit enthalpy 
(evaporator inlet enthalpy). This is the first point where the 
subcooler outlet enthalpy reduces compared to the previous 
charge. This is indicated by the green highlight on the subcooler 
enthalpy change. The compressor power also increases however, 
the percentage increase of cooling capacity is higher than the 
percentage increase of power consumption. Thus, this causes a 
peak in COP. This is the last point where the relation given in 
Equation (8) is valid. 

∆
>

∆
 (8) 

The refrigerant quality at the subcooler inlet and COP are 
graphed against the charge in Figure 9. In the initial region, the 
refrigerant quality increases because as charge is added to the 
system, the refrigerant mass flow rate increases. The COP peak 
corresponds to a refrigerant quality of more than 0.23. This 
means that the COP peak happens when some portion of the two 
phase heat transfer happens in the subcooler. This probably 
corresponds to a configuration shown in Figure 10. Figure 10 
shows that the single phase subcooled refrigerant exits only at 
the exit of the subcooler. 

Region 2: In this region, the increase in power consumption 
is higher than the increase in cooling capacity i.e., the relation 
shown in Equation (9) is valid. In this region, through the amount 
of subcooling (in °C) increases the subcooler outlet enthalpy (in 
kJ/kg) does not reduce a lot. A higher amount of subcooling does 
not mean an increased cooling capacity in the evaporator. The 

cooling capacity is determined by the outlet enthalpy of the 
subcooler not the amount of subcooling. There is a limit on the 
minimum possible subcooler enthalpy while there is no such 
limit on the compressor outlet enthalpy and the maximum power 
consumption. 

∆
<

∆
 (9) 

In the Max COP point and the Region 2, the subcooler inlet 
is two phase refrigerant. Thus, some portion of the two phase 
heat transfer is occurring in the subcooler. As the charge 
increases beyond the Max COP point, the fraction of two phase 
heat transfer happening in the subcooler reduces. This can be 
seen by the reducing refrigerant quality at subcooler inlet shown 
in Figure 9. This increases the amount of heat transfer happening 
in the condenser, to get a higher heat transfer in the same 
condenser area, the condensation pressure increases (to increase 
the LMTD). This causes a drop in COP in the Region 2. 

 
Figure 9: Variation of refrigerant quality at subcooler inlet  

 
Region 3: This region starts when the receiver starts filling 

up with the liquid. The additional refrigerant charge gets 
accumulated in the receiver and thus there is no change in the 
system performance. When the charge is increased beyond the 
Region 3 and the receiver maximum holding capacity, the 
additional charge gets accumulated in the condenser which 
increases the condensation pressure, power consumption and 
reduces the COP. 

 
Figure 10: Possible distribution of the refrigerant at Max COP 

charge 
 
Charge optimization with different high side configurations 

Charge optimization tests were done for different possible 
high side configurations. Figure 10 shows the major 
components present on the high side. This system consists of a 
condenser followed by a receiver and a dedicated subcooler. 
Using ball valves, it is possible to test different scenarios 
with/without one or more of these components. The details of 
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these tested cases and the max COP in each case are shown in 
Table 5. The base case is the one discussed earlier and shown in 
Table 4, Figures 7 and 8. All these configurations are tested 
with the variable speed compressor at the same operating 
frequency at the C condition. The WEG mass flow rate is 
maintained constant as the base case. The COP variation with 
the charge for these three cases are shown in Figure 11.  

Case 1 (Condenser + Subcooler): No receiver is used in this 
configuration, hence there is no plateau as seen in Figure 7. The 
peak COP is 6.7 which is comparable to the peak COP when 
receiver is used. This is expected as the area of heat exchanger 
is the same with or without receiver. The COP reaches a peak 
and then drops as the charge increases. This drop in COP is 
because of the absence of the receiver. 

 
Table 5 Different possible high side configurations 

Case Configuration 
Max COP 

[-] 

Base 
Condenser + Receiver 

+ Subcooler 
6.9 

1 Condenser + Subcooler 6.7 
2 Condenser 6.3 
3 Condenser + Receiver 6.4 

 
Figure 11: COP variation with charge for different high 

side heat exchanger configurations 
 

Case 2 (Condenser): In this configuration, both the 
subcooler and the receiver are not used. The peak COP is 6.0 
which is significantly lower than the case with the subcooler. 
This is expected because of the reduced heat transfer area due 
to the absence of subcooler. Like Case 1, as the charge is 
increased beyond the max COP, the COP drops.  

Case 3 (Condenser + Receiver): In this case, the subcooler 
is absent. The max COP is comparable to Case 2. However, 
unlike the previous two cases, the presence of receiver ensures 
that the COP does not drop off after the max COP. This is the 
typical charge optimization curve that is expected, where the 
COP increases, reaches a peak and then plateaus. Interestingly 
there is no COP peak when the receiver is empty like shown in 
Figure 7. This means that the max COP trend discussed earlier 
only occurs for the case with a subcooler. This adds more 
credibility to the explanation that this unusual COP peak is due 
to the relative sizing of the condenser and subcooler.  

CONCLUSIONS 
This study experimentally studied the effect of charge on the 

COP of a single speed and variable speed compressor. A peak in 
COP was observed at charge before the receiver starts filling up 
for both the compressors. This peak was more pronounced at the 
part load conditions. When the variable speed compressor was 
tested at a lower charge, the IPLV.SI was higher by 5% than 
when tested with the higher charge. This peak in the COP was 
explained for the case with a variable speed compressor at part 
load conditions. The peak in COP occurs due to the relative 
sizing of the condenser and subcooler and the optimum charge 
corresponds to the scenario when some portion of the two phase 
heat transfer is happening in the subcooler. Also, three cases with 
different high side configuration are also discussed. The peak 
COP was not observed for any of these three cases. This provides 
additional support to the explanation as to why this peak in COP 
occurs. These results show that it is equally important to size the 
heat exchangers properly in addition to selecting the correct 
compressor. Additionally, the charge optimization might not 
provide the same results when done at the nominal conditions 
and the part load conditions. 
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ABSTRACT 
The current political tensions resulting in sharp increases in 

oil and gas prices, has further highlighted the need for energy 

independence by nations. Renewable energy technologies are 

one way of achieving this, so countries need to focus on 

developing indigenous technology to harness renewable energy. 

This study focuses on developing a solar parabolic trough 

collector for Thailand. Solar energy is a renewable energy source 

that can be used indefinitely. It will also play an increasingly 

important role in the future energy structure. Solar Parabolic 

Trough (SPT) is a device that has a curved shape of cylindrical 

parabolic. It consists of a shiny surface to reflect sun radiations 

towards the focal point. There are several factors that can affect 

the performance of the solar parabolic trough such as the 

accuracy of the sun model, the reflection of the sun radiation, 

fluid flow, the heat transfer to fluid and so on. The latter absorbs 

the incoming radiations and transforms them into thermal 

energy. This study experimentally investigates the thermal 

performance of a Solar Parabolic Trough collector with a sun 

tracking system designed for the Thai contexts. A set of three 

Solar Parabolic Trough (SPT) were designed and built in 

Srinakharinwirot University (SWU). Each had a focal length of 

300 mm; length 5.1 m. Water was used as the working fluid 

circulated through a 60 litres water tank. Experiments were run 

at five (5) different flow rates of 0.5, 1, 2, 3 and 4 litres per 

minute. Located at the parabolic troughs focal point is the 

vacuum tube collector which consists of a 10 mm smooth copper 

tube, enclosed in 47 mm diameter sealed glass tube. Type K 

Thermocouples were used to measure the temperatures at 

different points in the fluid and recorded using a data logger, and 

a sun tracking system was used for controlling stepping motors 

in the solar parabolic trough. Experiments   were run over 5 days 

between 10:00 – 16:00 Nakhon-Nayok city, Thailand. Solar 

radiation during the period ranged between 462.60 – 1021.59 

W/m2 (average 800.86 W/m2) and ambient temperature ranged 

from 36.54 – 39.17 °C (average 38.48 °C). The results showed 

that the water flow rate had an inverse relationship with the 

efficiency of the solar parabolic trough. The flow rate of 0.5 liters 

per minute resulted in the highest temperature of 56.70 °C and 

the maximum total rate of heat transfer was 955.65 W. The 

maximum efficiency was observed to be about 12%. This low 

efficiency is similar to what has been observed in similar studies. 

Overall, the study shows promising performance results for the 

deployment of locally made solar parabolic trough collector in 

Thailand. 

INTRODUCTION 
It is widely known that the current fossil-based energy 

resources , such as oil, natural gas and coal are    limited and will 

be extinct shortly. Therefore, it is essential to develop alternative 

energy resources such as solar energy. Solar energy, providing 

an average power per square metre of 1367 [1-3], has the most 

significant potential of all renewable energy sources [4]. 

Thailand is close to the equator and, in comparison to other 

countries, has a lot of solar power potential. This gives the 

country the potential to be energy independent i.e., not having to 

purchase energy from countries. Sookramoon [5] and 

Roonprasang et al. [6] have shown that Solar Parabolic Trough 

(SPT) systems are a viable solution in Thailand. In fact, SPTs are 

widely used instead of boilers in commercial power plants and 

trough collectors are used in industry to provide steam process 

heat and hot water. However, SPTs are uncommon in residential 

settings due to their high cost [7] 

Several studies have evaluated SPTs, for example, Francia 

and Norouzi et al. [8, 23] developed both linear and two-axis 

tracking Fresnel reflector systems. This work showed that 

elevated temperatures could be reached using such systems. 

Following this, Riaz [9] developed a theory associated with two-

axis systems. Almanza et al. and Jamal-Abad et al. [10, 24] 

investigated the receiver behaviour of parabolic troughs indirect 

steam generation under different experimental conditions. Odeh 

et al. [11] carried out the performance analysis of solar parabolic 

trough collectors with synthetic oil and water as working fluids. 

DAVID et al. [12] evaluated Compact Linear Fresnel Reflector 

(CLFR) concepts suitable for large scale solar thermal electricity 

generation plants.  Scholars such as Khalil et al. [13] and W.T. 

Xie et al. [14], who studied  solar energy concentration 

techniques have highlighted that employing Fresnel lenses is an 

effective way to maximise the solar energy harnessed. According 

to Zhai et al. and more [20-22], who developed the Fresnel lens 

solar concentrators will soon bring a breakthrough in 

commercial solar energy concentration application technology. 

Bakos [15] designed specific equipment to track the sun's 

movement throughout the day using the automatic process 

control systems. This resulted in optimising the system’s 

performance.  
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Previous research has shown that parabolic troughs have 

promising potential for harnessing solar energy, however, the 

costs make it prohibitive for adoption in domestic settings in 

Thailand, therefore, this study seeks to experimentally develop a 

low-cost solar parabolic trough collector using local materials 

and skills. This paper reports on the performance of the collector 

over a range of flow rates.  

METHODOLOGY  
The basic concept of the Solar Parabolic Trough collector. 

The parabolic trough collector works on the principle that a  

parabola is a shape that will reflect  incident sun rays to the focus 

on parabola's axis), as shown in Figure 1. The Solar Parabolic 

Trough collector uses this principle to transform the radiation 

from the sun to thermal energy by concentrating the rays on the 

absorber which is located on the focus of the parabola.  

 

 
Figure 1 The basic concept of the Solar Parabolic Trough 

collector. 

Basic earth-sun angles. [13, 16] 

The basic equations for calculating the moving positions of 

an experiment for a solar tracking system are as follows. The 

position of a point A on the earth’s surface with respect to the 

sun’s rays   can be defined  at any instant by  the latitude (l), and 

hour angle (), for the point, and the sun’s declination angle () 

as shown in Figure 2. 

 

 
Figure 2 Latitude, hour angle and Sun’s declination angles. 

 

Declination Angle (δ) is an angle showing the angular 

position of the sun at solar noon. Compared with the equator, 

which is between - 23.45°≤ δ ≤23.45°. This can be computed by   

 

δ=23.45sin (360×
248+n

365
)     (1) 

 
Where n represents the year's day. 

The angle of each hour () obtained from 

 =15(12-st)       (2) 

 

Where st is local standard time compared with the solar noon, 

an area test obtained from 

 

st=Standard time+E-4(Long
st

-Long
Loc

)    (3) 

 

Where longst is Longitude drag through the standard time. 

    LongLoc is longitude drag through the local time.  

  E is an equation of time (hrs). 

 

Experimental setup. 

Three solar parabolic trough collectors connected in series, 

each measuring 1200×1520 mm with 300 mm focus length, were 

made using local materials in Thailand such as main structure, 

reflectors, gear system, absorber tube, piping system, and hot 

water storage. The  experimental setup shown in Figure 3 and 

Figure 4,  consisted of the solar parabolic trough collector,   

which  had a vacuum tube absorber , a  Hot Water Tank and a 

Sun Tracking System.  

 

 

 
 

 

 

 
 

Figure 3 The Solar Parabolic Trough collector. 

Sun’s rays 

Solar Power Meter Thermocouple type K 
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Solar Hot Water Tank 
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Figure 4 The solar tracking system for the Solar Parabolic 

Trough collector. 

 

Type K thermocouples were used to measure fluid 

temperatures in the tube (T1, T2, T3 and T4) at the entry and exit 

of each parabolic trough collector as well as the ambient air. The 

spots were set to record the ambient temperature (T5). A 

schematic of the experimental system is shown in Figure 5. 

Thermocouples T1, T2, T3 and T4 were equidistant at 1.7 meters 

apart. A solar power metre (TES-1333R) was used to measure 

the radiation and a flow rate was measured using a water 

flowmeter. 

 
Figure 5 Schematic diagrams of experimental apparatus. 

 

 
Figure 6 Schematic diagram of the vacuum tube absorber 

Figure 6, shows a schematic of the vacuum tube absorber 

which consists of a 10 mm smooth copper tube, enclosed in 47 

mm diameter sealed glass tube.  Experiments were run with the 

parabolic trough oriented to absorb radiation along the east-west 

path. During the experiments, the Solar Parabolic Trough was 

adjusted to track of the sun path by moving 15 degrees every 

hour.  Water was used as the working fluid circulated through a 

60 litres water tank. Experiments were run at five (5) different 

flow rates of 0.5, 1, 2, 3 and 4 litres per minute. Located at the 

parabolic troughs focal point is the vacuum tube collector which 

consists of a 10 mm smooth copper tube, enclosed in 47 mm 

diameter sealed glass tube. Type K Thermocouples were used to 

measure the temperatures at different points in the fluid and 

recorded using a data logger, and a sun tracking system was used 

for controlling stepping motors in the solar parabolic trough. 

Experiments were run over 5 days between 10:00 – 16:00 

Nakhon-Nayok city, Thailand 

 

Data Reduction  

Experiments were run between    10:00 - 16:00 over 5 days 

with clear skies and the data was collected every minute using a 

LabVIEW data logging acquisition system. The parameters 

presented in Table 1 were calculated using the average hourly 

value of the captured data. 

Table 1: Details of data reduction 

Parameter Relation Equation No 

Mean glass 

receiver tube 

temperature 

Tg=
∑ Tgi

n
i=1

n
  (4) 

Heat transferred 

to fluid  
( )-p out inQ mC T T=   (5) 

Heat transfer 

coefficient 
h=

Q

Sc(Tout-Tin)
 

(6) 

Overall efficiency 
=

ṁCp(Tout-Tin)

AaGt

 
(7) 

Heat flux density  
q=

Q

A
=hΔTpf 

(8) 

Reynolds number  
Re=

uL

μ
 

(9) 

Peclet number Pe RePr=  (10) 

Nusselt number  h

f

hD
Nu

k
=  (11) 

RESULTS AND DISCUSSION 
Solar radiation  

 The solar radiation is shown in Figure 7. it illustrates the 

dependence of solar radiation on time. It can be observed that the 

intensity of radiation begins to rise in the morning. Solar 

radiation during the period ranged between 462.60 – 1021.59 

W/m2, peaked between 12:00 - 14:00 and then began to dwindle 

from 14:00 - 16:00. The average solar radiation observed was 

800.86 W/m2.    

Sun tracking System 

Computer System Data Acquisition 

Unit: mm 
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Figure 7 Variation of solar radiation with time. 

 
Temperature   

The effect of varying  the flow rate of water within the copper 

pipes was studied by running the  experiments at different flow 

rates ranging from 0.5 to 4 litres per minute. As expected, Figure 

8 shows that the fluid outlet temperature is inversely proportional 

to the flow rate, achieving a maximum temperature 56.70 °C at 

0.5 litres per minute. As the main function of the collector is to 

provide heat at this indicates that running the collector at a lower 

flow rate is beneficial.  A lower flow rate also implies that the 

pumping power required will be lower hence improving the 

overall efficiency.     

 

 
Figure 8 Variation of outlet water temperature (T4) with time at 

various  flow rates. 

 

 Figure 9 shows the maximum temperature rises across each 

collector as well as across the three collectors. It shows that the 

comparison of the outgoing different water temperatures at 

different flow rates in copper pipes flat type is shown in Figure 

9. It was found that the outflow water temperature was inversely 

proportional to the flow rate. As the flow rate increases, the 

temperature difference decreases, achieving maximum different 

temperatures at 0.5 litres per minute. Obviously, the length of the 

solar collector affects the temperature difference. Therefore, the 

longer the system will enhance the overall efficiency. 

 

 
Figure 9 Fluid temperature rise with flow rate. 

 
Useful Energy 

Figure 10 shows the comparison between heat transfer and 

time at various flow rates within the copper pipe. As a result, it 

is observed that heat transfer is likely to be high at first and 

subsequently diminish. A lower flow rate indicates that running 

the collector at a lower flow rate is beneficial. The combined heat 

power with the lower flow rate will obtain a higher heat transfer 

and give total heat power of 955.65 W at a flow rate of 0.5 litres 

per minute. A lower flow rate means less energy is consumed in 

the system resulting in higher overall efficiency. 

 

 
Figure 10 Variation of heat transfer with time at the variation 

of flow rate. 

 

Efficiency  

Figure 11 shows the variation of efficiency with time at 

various flow rates. It can be observed that the maximum 

efficiency is about 12% at 0.5 litres per minute flow rate. One 

can see that the rotation speed of the adsorption tube and the 

convection can affect thermal efficiency. However, efficiency is 
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consistently less than 10%, which is low compared to an 

expected efficiency of about 40% [23]. Apart from a few outliers 

in the morning, the efficiency is relatively constant at about flow 

rate 2-4 litres per minute does not seem to have a significant 

effect except at 0.5 litres per minute. 

 

 
Figure 11 Variation of efficiency with time at the variation of 

flow rate. 

 

The result, as shown in Figure 12, shows the variation of 

efficiency as well as useful heat with flow rate. Both parameters 

show a linear inverse relationship with flow rate. Therefore, as 

the flow rate increases, the efficiency decreases. This trend has 

been observed by other scholars [17-19]. Similarly, Figure 13  

shows a thermal performance curve using all the data from the 

experiment. The equation of the least square fit is indicated in 

the graphs, which shows that. the collector has an intercept 

efficiency of approximately 6.6%, which is significantly lower 

than expected, which has been shown in previous research [17-

19]. 

 

 
Figure 12 Variation of total heat transfer, efficiency with the 

flow rate. 

 
Figure 13 Variation of SPT Efficiency with the reduced 

temperature at the variation of flow rate. 

CONCLUSION  
The present paper experimentally investigates the thermal 

performance of a low-cost solar parabolic trough collector 

developed using local materials and skills,. The three Parabolic 

troughs with a focal length of 300 mm and length of 1520 mm 

have been designed and built to test their ability to generate heat 

by using the circulation of water approximately at 0.5 - 4 litres 

per minute through a vacuum tube within a flat copper pipe, 

which was placed at the focal point of Parabolic trough.  

The result of the experiment showed that the efficiency was 

inversely proportional to the  flow rate of water  

The results showed that the solar parabolic trough with a flow 

rate of 0.5 litres per minute was able to provide  the highest 

temperature of water, at 56.70 ° C, which is able to generate the 

thermal power at 3730.83 kJ. The maximum total rate of heat 

transfer n is  955.65 W, and maximum efficiency was found to 

be  12 % at  when the average daily irradiation was 800.86 W/m2. 

This low efficiency is similar to what has been observed in 

similar studies. Overall, the study shows promising performance 

results for the deployment of locally made solar parabolic trough 

collector in Thailand. 
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NOMENCLATURE 
Aa [m2] Aperture area 
Cp [J/kg•K] Specific heat capacity 

E [hrs] Equation of time 

F [-] Focus of parabolic 
Gt [W/m2] Solar radiation 

h [W/m2K] Heat transfer coefficient 

k [W/(m•K) Thermal conductivity 
Re [-] Reynolds number 

st [-] Local standard time 

I [W/m2] Beam solar radiation  
L [m] Characteristic linear dimension 

l [-] The latitudes on the Earth  

ṁ [kg/s] Mass flow rate of fluid flow 

n [day] The year's day  
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Nu [-] Nusselt number 

Pe [-] Peclet number 

Q [W] Heat transferred to fluid 

T [°C] Temperature 

t [s] Time 

u [m/s] Flow speed 
 

Special characters 

 [°] Hour angle 

 [°] The sun’s declination angle  

 [-] Overall collector efficiency 

 [kg/m3] Density of the fluid 

 [kg/(m•s) Dynamic viscosity of the fluid 

 

Subscripts 
st  Longitude drags through the standard time 

Loc  Longitude drags through the local time 

1-5  Position temperature 
in  Inlet fluid temperature 

out  Outlet fluid temperature 

a  Ambient temperature 

g  Glass receiver tube 

 
Abbreviations 

CLFR  Compact Linear Fresnel Reflector 

SPT  Solar Parabolic Trough 
SWU  Srinakharinwirot University 
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ABSTRACT
Micro-scale wind turbines are of great interest to supply

rechargeable batteries of autonomous sensors in the field of the
Internet Of Things (IOT). However, they face the issue of lower
dimensionless performance than large-scale wind turbines. Due
to their small size and low operating wind speed, these runners
operate mainly in low Reynolds number flow conditions at which
the aerodynamic properties of the blades are not well-known.
Even though promising results are reported on the Reynolds
number effects on isolated and non rotating blades, their applica-
bility to design efficient small rotating energy harvesters is ques-
tionable. This paper reports on the influence of the Reynolds
number on the performance of high-solidity and low tip-speed ra-
tio micro-scale wind turbines. Wind turbine’s power and torque
coefficient vs. tip-speed ratio curves are measured in wind tun-
nel for a wide range of Reynolds number by changing either the
turbine’s diameter or the freestream wind velocity. This quantita-
tive analysis will contribute to design more efficient wind energy
harvesters.

INTRODUCTION
The current fast development of Internet of Things (IOT) de-

vices raises the question of their supply in power. IOT appliances
such as wireless monitoring sensors, are supposed to be deployed
everywhere and to be accessible any time from anywhere, hence
it implies high requirements for energy storage and power man-
agement [1]. Currently, batteries are widely used to power au-
tonomous sensors but their use presents major drawbacks. The
finite amount of energy available, the high cost of replacement
or the possible difficulties to have access to it in hazardous lo-
cations for maintenance limit the spread of these devices. The
use of ambient sources such as solar energy, thermal energy or
mechanical energy could be considered as a solution to reduce
or eliminate batteries in IOT endpoints. Wind energy is one of
the available renewable resource of energy. Even though wind
power is highly intermittent, a recent study carried out by Wen
et al. emphasises that the average wind speed in major Chinese

NOMENCLATURE

Cp [-] Power coefficient
Cp,max [-] Maximum power coefficient
P [W] Mechanical power
Pa [W] Available power
τ [N.m] Torque
ω [rad.s−1] Angular velocity
ρ [kg.m−3] Air density
RT [m] Tip radius
V∞ [m.s−1] Freestream wind velocity
Re [-] Reynolds number
c [m] Blade chord length
W [m.s−1] Relative velocity
η [Pa.s] Dynamic viscosity of air
Cτ [-] Torque coefficient
λ [-] Tip-speed ratio
λopt [-] Optimum tip-speed ratio
Cl [-] Lift coefficient
Cd [-] Drag coefficient
N [-] Number of blades
RH [m] Hub radius
H [-] Hub ratio
a [-] Axial induction factor
C [m.s−1] Absolute velocity
Cθ [m.s−1] Tangential velocity
Cz [m.s−1] Axial velocity
σ [-] Blade solidity
φ [deg] Blade pitch angle
β [deg] Relative angle
α [deg] Angle of attack
l [m] Blade spacing

cities is essentially within the range of 1 m.s−1 to 7 m.s−1 [2].
Consequently, miniature wind energy harvesters, such as micro-
scale wind turbines, could collect the energy of low speed airflow
in urban area to power a rechargeable battery or a capacitor [3].

Micro-scale runners, with a rotor diameter under 0.20 m, are
not currently widely used because they achieve low efficiency
i.e. low maximum power coefficient Cp,max, especially in com-
parison with full-scale wind turbines. The power coefficient Cp
is defined as the ratio of the mechanical power P to the available
power Pa:

Cp =
P
Pa

=
τω

0.5ρπR2
TV 3

∞

(1)
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where τ is the torque, ω is the angular velocity, RT is the tip
radius of the rotor, ρ is the air density and V∞ is the freestram
wind velocity. It can be observed from the literature that the
maximum power coefficient Cp,max drops as the rotor diameter
decreases. Most small wind turbines exhibit maximum power
coefficient Cp,max ≤ 0.3 while large scale rotors achieve Cp,max
close to 0.5.

As the rotor diameter is small and the operating freesteam is
low, micro-scale runners operate mainly in low Reynolds number
flow conditions (Re ≤ 105). In this study, the Reynolds number
Re is based on the chord length c and on the relative velocity W
and reads :

Re =
ρWc

η
(2)

where η is dynamic viscosity of air.
The effects of the Reynolds number on the power coefficient

Cp and torque coefficient Cτ is barely adressed in the literature.
However, it is of particular interest to deeply understand flow
behaviour around a rotor in order to design more efficient run-
ners. The torque coefficient Cτ is a dimensionless measure of the
torque generated by a rotor and reads :

Cτ =
τ

0.5ρπR3
TV 2

∞

(3)

Some experimental studies have found that runner’s perfor-
mance and wake were affected by the Reynolds number, espe-
cially at low Reynolds number. McTavish et al. have shown
that the thrust coefficient and the wake expansion downstream
a 25 cm wind turbine increase with increasing Reynolds num-
ber [4]. Cunningham et al. performed on field test with a low-
solidity 3.74 m diameter horizontal axis wind turbine [5]. Their
results show a significant drop in the wind turbine’s power co-
efficient and an increase in the optimum tip-speed ratio λopt as
Reynolds number decreased. The authors reported that the de-
pendency of the Cp vs. λ curves on Reynold’s number was in-
duced by the variations of the rotor’s aerdoynamic lift and drag
coefficients with the Reynolds number. Another experimental
study carried out by Kadrowski et al. reveals also that higher
Reynolds numbers allows the turbine to reach higher maximum
power coefficient Cp,max but at lower optimum tip-speed ratio
λopt [6]. Wiesner [7] and Capata & Sciubba [8] performed an-
alytical and numerical investigation of the Reynolds numbers
effects on centrifugal compressor and turbocompressor perfor-
mance and derived efficiency/Re correlation formula. However,
to date there are no such correlations for wind turbines and there
is no consensual agreement on the effects of low Reynolds num-
ber on micro-scale wind turbine’s performance.

Wind turbine’s blades ensure the conversion of the kinetic
power of the wind into mechanical power, hence their geome-
try is closely linked to the flow patterns and to the rotor’s perfo-
mance. The classical method to design wind turbine’s blades is

called the Blade Element Momentum Theory. Firstly, once de-
termined a design tip-speed ratio, optimum flow conditions are
computed from the general momentum theory [9]. In the general
momentum theory, the rotor is modelled as an actuator disc i.e. a
rotor with an infinite number of blades, inducing a sudden pres-
sure jump. As the thrust force acting over the rotor is function of
the pressure drop, so does the power coefficient. One limitation
of the actuator disc theory is that the physical behaviour of the
blades is not modelled. Consequently, the optimum flow condi-
tions and the maximum power coefficient of a wind turbine are
theoretically not sensitive to a change in the Reynolds number.

Secondly, the chord length and pitch angle distributions are
computed in order to achieve the thrust force derived from the
general momentum theory. The classical method is based on 2D
lift and drag coefficients obtained from wind tunnel experiments
performed in high Reynolds number flow conditions with iso-
lated and non-rotating airfoils. Existing research recognises the
critical role played by the Reynods number on the flow pattern
around an isolated airfoil and its aerodynamic properties. It is
well acknowledged that an increase in Re leads to an increase in
the lift coefficient Cl and stall angle and a decrease in the drag
coefficient Cd [10]. However, the variation of the optimum angle
of attack i.e. the angle of attack which produces the higher Cl/Cd
ratio is highly dependent on the airfoil geometry.

Even though the findings on isolated airfoils are useful to un-
derstand Reynolds number effects on large-scale rotor aerody-
namics, some limitations occur when the rotor diameter or the
operating wind speed decrease. Indeed, the blades of micro-scale
wind turbines are affected by additional parameters such as low
Reynolds numbers effects and rotating effects [11]. Moreover,
micro-scale turbines require high-blade solidity in order to in-
crease the torque at low freestream wind velocity and to start
rotating. The mutual blade interaction induces by the increase
in blade solidity may affect the formation of laminar separation
bubbles in the closely spaced blades [12]. Consequently, the ef-
fects of the Reynols number on the performance of high-solidity
blade cascade in rotation may differ from those observed with
isolated airfoils [13].

Therefore, the purpose of the current study is to evaluate the
effect of the Reynolds number on the power coefficient Cp and
torque coefficient Cτ with high-solidity and low tip-speed ra-
tio wind turbines. In order to cover a wide range of Reynolds
numbers, three geometrically scaled turbines were designed and
tested in wind tunnel under various upcoming wind velocities.

DESIGN OF THE TURBINES
Three high-solidity and low tip-speed ratio runners with di-

ameters equal to 300 mm, 200 mm and 100 mm and identical
relative geometries were designed. All turbines’ dimensionless
parameters are equal in order to get a pure geometrical scaling.
The design procedure of the 300 mm runner has been the sub-
ject of a preliminary study [14], hence only some relevant de-
sign steps are documented in this paper. As reported in Ref.[14],
this runner achieves a high maximum power coefficient at its de-
sign tip-speed ratio Cp,max(λ = 1) = 0.31 for a freestream wind

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 439 of 1061



velocity V∞ = 10 m.s−1. Moreover, its torque coefficient Cτ de-
creases linearly with the tip-speed ratio and it has a very low cut-
in wind speed. These specifities make this turbine a good wind
energy harvester. Consequently, the geometries of the 200 mm
and 100 mm runners are obtained by scaling this 300 mm rotor.

The runners have N = 8 blades, a hub ratio H = RH/RT equal
to H = 0.3 and a design tip-speed ratio λ = 1. The blade was
dicretized into 11 elements from the root (RH ) to the tip (RT ) of
the blades. For each radius, a circular camber-mean line which is
tangent to the relative velocity at the leading edge

−→
W1 and at the

trailing edge
−→
W2 was drawn and thickened with NACA0010 pro-

files (see Fig.1). The relative velocities at the design tip-speed
ratio were predicted by applying the Euler’s turbomachinery the-
orem and the axial momentum theory to a disc of streamtube
with the hypothesis of a uniform and purely axial discharging
flow C1 =V∞(1−a) with a = 1/3 and a constant vortex law Cθ2.
The full calculation procedure for the relative velocities can be
found in Ref.[14].

At λ = 1, the inlet and outlet relative angle decreases from
β1 = 66◦ and β2 = 35◦ at the hub to β1 = 34◦ and β2 = 26◦ at
the tip. The blade pitch angle φ, defined as the angle between
the chord line and the rotor’s plane, varies from φ = 55◦ at the
hub to φ = 30◦ at the tip. Hub and tip chord lengths were calcu-
lated according to c = 2πrσ/N with a blade solidity at the hub
σ(RH) = 1.65 and σ(RT ) = 0.7 at the tip. The chord length for
each radii was then determined by assuming a linear variation
from hub to tip. Finally, the rotors were manufactured by fused
material deposition with polyactic acid filament. The printed ro-
tors are shown in Fig.2.

DESCRIPTION OF THE EXPERIMENTAL SETUP
The aim of the experimental investigation is to determine the

power coefficient Cp and torque coefficient Cτ, vs. tip-speed ra-
tio λ characteristics for various Reynolds number by changing
either the runner or the freestream wind velocity V∞ between ac-
quisitions.

The experiments were carried out in the wind tunnel of the
LIFSE facilities. This closed-loop wind tunnel has a 1.8 m

Figure 1: From Bourhis et al. [14]. Velocity triangles at the inlet
(index 1) and outlet (index 2) of the turbine cascade. The blade
solidity σ is defined as the ratio of the blade chord length c to
spacing l i.e. σ = c/l

Figure 2: Printed wind turbines used in scaling tests with a 50
euro cent coin

long semi-open test section with a 1.35 m×1.65 m cross-section.
Prior to data acquisition, the atmospheric pressure and the tem-
perature were systematically measured to compute the daily air
density. The freestream wind speed V∞ was computed through
the measurements of the dynamic pressure in the test section by
a pitot transducer Furness Control FC20. The torque τ and the
angular velocity ω were acquired using a torque transducer lo-
cated between the turbine and a DC generator. These measuring
devices were houses in a nacelle placed in the middle of the test
section. A detailed schematic of the experimental setup with the
300 mm runner mounted on its nacelle is displayed in Fig.3.

An increase in the rotor diameter or in the upcoming wind
speeed induces an increase in the aerodynamic torque. There-
fore, in order to extend the range of measurable torque, two na-
celles including torquemeters with different measuring ranges
were built. On one hand, the torque generated by the 300 mm
runner and 200 mm runner were measured by a rotating
torquemeter HBM-T20WN. It has a measuring range of 0 N.m to
2 N.m and an accuracy of 0.2% of full scale. On the other hand,
a second nacelle containing a rotating torquemeter DRVL with a
smaller measuring range was used to acquire the torque and the
angular velocity of the 100 mm rotor. The latter has a measuring
range of 0 N.m to 0.05 N.m and a maximum measurement error

Figure 3: Detailed schematic of the experimental setup with the
300 mm wind turbine mounted on its nacelle
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RT [mm] 50 100 150
V∞ [m.s−1] 10 15 10 15 10 15 20 25
Re(RH) 9500 14200 18900 28400 28400 42600 56800 71100
Re(RT ) 22000 33000 44100 66100 66100 99100 132200 165200
Marker in plots � � + + × × × ×

Table 1: Description of the experimental test conditions {RT ,V∞}. Reynolds numbers Re are computed at the hub (Re(RH)) and at the
tip of the blade (Re(RH)) according to Eq.2. A specific marker, used to plot the experimental results, is assigned to each test condition
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Figure 4: Power coefficient Cp (a) and torque coefficient Cτ (b) as a function of the tip-speed ratio λ for various Reynolds number (please
see the Tab.1). The curves are obtained from the gathering of several experimental data sets for each {RT ,V∞} configuration

of 0.15% of full scale. The different test conditions are shown in
the first two rows of Tab.1. For each rotor, the range of upcoming
wind velocity was limited by the measurement capabilites of the
torque tranducers.

During an acquisition, the upstream flow velocity V∞ was kept
constant while the rotational speed of the rotor ω i.e. the oper-
ating tip-speed ratio λ varied between each sample by changing
the resistive load applied to the generator. For each sample, the
arithmetic mean value of the torque τ, the angular velocity ω, the
temperature and the dynamic pressure in the test section were
collected from 50 s long acquisitions with a sampling frequency
of 1000 Hz. Then, the torque coefficient and power coefficient
were computed for each sample according to the Eqs.1&3. The
experiments were repeated several times for the different set of
conditions on separate days to ensure repeatibility of the acqui-
sition protocol. Finally, the data were gathered and dispayed on
a single graph showing the variations of Cp and Cτ with the tip-
speed ratio for each test conditions.

The Reynolds number, Re, for each experimental configu-
rations {RT ,V∞} was calculated for analysis and is displayed
in Tab.1. The latter is computed at the hub (r = RH ) and at
the tip (r = RT ) of the blades according to the Eq.2 where
W =

√
(2/3V∞)2 +(rω)2, ρ = 1.2 kg.m−3, η = 1.8.10−5 Pa.s

and λ = 1. The range of tip Reynolds numbers extend from
Re = 22000 (�) for the configuration {50,10} to Re = 165200

(×) for the configuration {150,25}. As shown in Tab.1, the
300 mm runner and 200 mm runner operate at the same Reynolds
number when the upcoming wind velocity are respectively set at
V∞ = 10 m.s−1 (+) and V∞ = 15 m.s−1 (×).

As the Reynolds number is computed with the relative veloc-
ity, a decrease in the tip-speed ratio leads to a decrease in Re.
Therefore, in the following discussion, each {RT ,V∞} configura-
tion is identified by its tip Reynolds number computed at λ = 1
and by a specific marker in the experimental plots (see the last
row of Tab.1).

RESULTS AND DISCUSSIONS
Fig.4 shows the variation of the power coefficient Cp and the

variation of the torque coefficient Cτ as a function of the tip-speed
ratio λ for the different test conditions. For all test conditions,
the range of operating tip-speed ratio was limited either by the
friction of the mechanical parts contain in the nacelle or by the
capacity of the breaking system. No experimental power and
torque coefficients were measured between λ = 0.7 and λ = 1.1
when the 100 mm rotor were operating at V∞ = 15 m.s−1 (�)
due to a strong resonance of the transmission shaft. Furthemore,
when the 300 mm runner and 200 mm runner operate at the same
Reynolds number (+ & ×) both Cp and Cτ vs. λ curves follow
similar trends. In both test conditions, the same maximum power
coefficient Cp,max = 0.31 for an equal optimum tip-speed ratio
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Figure 5: Effect of the Reynolds number on the maximum power
coefficient Cp,max (a) and on the optimum tip-speed ratio λopt (b).
The tip Reynolds number computed at λ = 1 is used as reference
for the Re axis (see Tab.1)

λopt = 1. It emphasises that the dimension of the test section and
the mechanical or electrical losses induce by the setup have no
effect on the experimental measurements. The slight discrepancy
in Cτ between these two test conditions at very low tip-speed ratio
might be explained by rotational effects or by the difference of
blade’s relative rugosity.

The variation of the torque coefficient with the tip-speed ratio
are consistent with preliminary results reported in Ref.[14]. For
all tests performed with the 300 mm runner, the torque coefficient
decreases linearly for the entire range of tip-speed ratio. Even
though a similar trend is observed at high tip-speed ratio with
the 200 mm and 100 mm turbines, a decrease in Re leads to a
change in the Cτ vs. λ curves, especially at low tip-speed ratio.

Nonlinear variations and a little drop in Cτ are observed with the
200 mm and 100 mm turbines at tip-speed ratios close to λ = 0.
A decrease in the tip-speed ratio leads to an increase in the angle
of attack and a decrease in the Reynolds number. At high angles
of attack, the lift curves can become highly nonlinear especially
at low Reynolds number [15]. It can leads to nonlinear variations
in Cτ at low tip-speed ratios.

Secondly, whats stands out in the Fig.4b is the increase in Cτ

with the Reynolds number for the entire range of tip-speed ratio.
At fixed λ, all turbines operate with the same angle of attack α

(see the velocity triangle in Fig.1), hence an increase in Re leads
to an increase in the net aerodynamic forces acting on the wind
turbine’s blades. Even though, this finding is directly in line with
the findings on isolated airfoils, a major difference is observed
between the behaviour of an isolated airfoils and a blade cas-
cade. For isolated airfoils, an increase in the angle of attack leads
to an increase in the lift coefficient until the stall angle at which
a sudden decrease in the lift generated by the aerofoil occurs. In-
terestingly, even at low Reynolds number, no significant drop in
the torque coefficient is observed while decreasing the tip-speed
ratio with high-solidity blade cascade. The stall effects may be
counterbalanced by the mutual interaction between the blades.

As one can see in Fig.4a, the power coefficient Cp increases
with increasing Reynolds number for the entire range of tip-
speed ratio. However, higher Reynolds number leads to narrower
Cp vs. λ curves. These results emphasize that the Cl/Cd vs. α

curves of the rotating blade cascade change as the Re changes.
An increase in Re induces a higher maximum Cl/Cd ratio and
narrower Cl/Cd vs. α curves. It implies that the aerodynamic
properties of the turbine’s blades are more affected by a change
in the angle of attack at high Reynolds number. Fig.5a highlights
the gradual increase in the maximum power coefficient Cp,max
with the Reynolds number. For instance, the latter increases from
Cp,max = 0.26 at Re = 22000 to Cp,max = 0.33 at Re = 165200.
However, the difference in Cp,max between each test conditions
decreases with Re. The trend of the Cp,max vs. λ curve suggests
that the maximum power coefficient will probably level off or
increases slowly. This finding is consistent with data reported
on isolated airfoils [5; 16]. At high Reynolds number, the de-
crease in the lift coefficient and the increase in the drag coeffi-
cient of isolated airfoils are negligible. However, below a critical
Reynolds number, Cl decreases fastly and Cd increases rapidly.
Cp,max vs. λ curve show a very similar pattern of results. It em-
phasises that the effect of the Reynolds number on the maximum
power coefficient occurs mainly at Re≤ 105.

Fig.5b shows the variation of the optimal tip-speed ratio λopt
with the Reynolds number. For all test conditions, the optimum
tip-speed ratio is very close to the design tip-speed ratio λ = 1.
As Figs.4a & 5b show, there is a clear trend of increasing op-
timum tip-speed ratio λopt with the Reynolds number. Even
though the Cl/Cd remains quasi-constant for Re≥ 105, the opti-
mum tip-speed ratio is continuously increasing.

The variations of the dimensionless parameters with the
Reynolds number may be explained by the fact that in low
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Reynolds number conditions 104 ≤ Re ≤ 106, a too high ad-
verse pressure gradient along the streamwise direction can lead
to the separation of the boundary layer on the upper surface of
the blades and the formation of laminar separation bubbles (LSB)
inside which high recirculations of mixed laminar and turbulent
flows occur [12]. For isolated airfoils, the size of the LSB, its
position on the upper surface of the blade, its separation and
reattachement coordinates and its effect on the lift and drag co-
efficients depend on the Reynolds number, the angle of attack,
the turbulence intensity and the blade’s roughness [17]. With
micro-scale turbines, additional phenomena are involved in the
formation of LSB such as rotational effects [11] and high blade
solidity effects. Our results suggest that at fixed tip-speed ra-
tio i.e. at fixed angle of attack, the overall length and thickness
of laminar separation bubbles decreases as the Reynolds num-
ber increases. Moreover, the discrepancy in the Cτ vs. λ curves
at low tip-speed ratios i.e. at very low Reynolds numbers and
high angles of attack might be induced by changes in the flow
regime. Further work should be undertaken to corroborates these
findings. An investigation of the velocity fields in the near wake
of a micro-scale turbine could provide a better understanding of
the flow pattern around a rotating blade cascade operating at low
Reynolds number and therefore could help to design more effi-
cient wind energy harvesters.

CONCLUSION
The aim of the current study was to examine the effect ot the

Reynolds number on high-solidity micro-scale wind turbine’s Cτ

vs. λ curves and Cp vs. λ curves. The research has identified
that an increase of the Reynolds number from Re = 22000 to
Re = 165200 leads to an increase in the maximum power co-
efficient from Cp,max = 0.26 to Cp,max = 0.33. However, for
Re≥ 105, Cp,max remains quasi-constant. The second major find-
ing was that higher Reynolds number flow conditions leads to
higher torque coefficient Cτ and power coefficient Cp for the
entire range of tip-speed ratio. Finally, these experiments have
shown that the optimum tip-speed ratio i.e. the optimum angle of
attack of the blade cascade increases as the Reynolds number in-
creases. Even though, this study provide quantitative experimen-
tal data on the effect of the Reynolds number on the performance
of micro-scale wind turbines, further experimental investigation
are needed to fully understand its implications on the flow pattern
around wind turbine’s blades.
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ABSTRACT 
  Waste heat energy recovery is in high demand in both 
commercial applications and engineering processes with the 
increasing energy need in recent years. Heat pipe technology 
emerges as a viable, efficient and environmentally sensitive 
technology for applications in efficient air conditioning plant 
designs. In this study, firstly, the performance of a grooved and 
non-grooved Wrap-around heat pipe (HP) filled with R134a at 
the same filling ratio is experimentally compared. Then, the 
capacity of the grooved heat pipe (WHP) with a 3° inclination 
angle, whose performance is higher than the non-grooved WHP 
with smooth tubes, at different filling ratios was experimentally 
investigated.  These filling ratios are 50%, 35%, 30% and 25%, 
respectively. The WHP dehumidifier unit with grooved tubes 
with a diameter of 7.94 mm and 3° inclination angle with 60-
circuits was used. In the experiment, the ambient temperature 
was kept constant at 25°C to heat the evaporator part of the 
WHP, and a cooling coil was inserted between the WHP to 
achieve the dehumidification of the pre-cooled air. The results 
obtained are compared with the capacity and efficiency of the 
WHP at different filling ratios.  In line with the results obtained, 
it was observed that the best WHP efficiency and the highest 
WHP capacity were also achieved at 35% filling ratio. In 
addition, in line with the results obtained, it was observed that 
the capacity of the cooling coil decreased inversely with the 
filling rate. In other words, increasing WHP capacity has been 
found to save 14% on the energy needs for cooling. 

1. INTRODUCTION
With an exponential increase in global energy demand, it is

evidently clear that energy resources should be used in a discreet 
and responsible manner in order to conserve them for future 
generations. In process industry and building sector, a significant 
amount of energy is wasted through the discharge streams.[1] 
This waste should be energy efficient, safe and easy to use so 
that it can be preferred in industrial applications. Nowadays, heat 
pipe heat recovery units are preferred more than traditional 
systems, considering system efficiency, ease of production and 
cost. The main reason for this is mainly due to passive works and 
developments in production technologies.[2] 

Heat pipes are two-phase thermal products with strong 
thermal conductivity, small temperature drops. Heat is 
transferred from the evaporator to the condenser by a low amount 
of working fluid such as water, methanol, R134a or sodium in 
the form of latent heat. Many different types of heat pipes are 
used in the literature and in the refrigeration industry [3].  

People living in hot and humid climates need large amounts 
of energy to ventilate their living spaces. In such climates, the 
moisture load is quite high and an external moisture content of 
up to about 25 g/kg is common. Cooling systems must be sized 
to cope with these high latent heat loads. Heat pipes have been 
used in these cooling applications for a long time and have 
provided significant energy savings [4]. The process of 
dehumidifying the outside air takes place as follows; It is the 
process of super cooling to remove humidity from the 
environment and then reheating it by feeding it to a suitable 
temperature. This process consumes energy and uses desiccant 
heat pipes wrapped around the primary cooling coil (evaporator 
side). The heat pipe pre-cools the air before it reaches the cooling 
coil and is then reheated in the secondary coil (condenser side) 
after exiting the cooling coil. This combination of free cooling 
and free heating removes a significant amount of humidity. 

The integration of heat pipes into heat exchangers could 
obviously maximize heat transfer rates while minimizing 
manufacturing cost, weight, size and overall thermal resistance 
[5]. In the past decades, heat pipe heat exchangers have been 
widely used in electronic refrigeration[6], air conditioning 
systems[7] and waste heat recovery[8]. 

In order to increase the thermal performance of the heat 
pipes, both experimental and theoretical studies have been 
carried out by making design changes and in the applications of 
the heat pipes. Mahdavi et al. experimentally investigated the 
thermal performance of a curved copper-water heat pipe with 
different filling rates and different inlet temperatures. According 
to the experimental results, it was in agreement with the 
previously developed mathematical model [9]. 

Guo et al.[10] conducted a series of experiments were 
conducted to evaluate the thermal performance of a wraparound 
heat pipe charged with R134a at different operating conditions, 
including various heat loads, filling ratios, pipe diameters, 
inclination angles and coolant temperatures. According to the 
experimental results, an optimal filling ratio for the heat pipe 
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with the best performance existed between 50% and 60% and 
even at a proper filling ratio, a smaller inclination angle (θ less 
than 15◦) can result in very limited liquid in the upper evaporator 
tube, thereby reducing the thermal performance of the wrap- 
around heat pipe. 

 
Figure 1: Wrap-around heat pipe heat recovery units 

 
Considering the above, this paper aims to examine the 

thermal performance of the wrap-around heat pipe heat recovery 
(WHP) products in the product range of Friterm Thermal 
Devices Inc. at different filling ratios. In line with the results 
obtained, the optimum filling ratio was determined. 

NOMENCLATURE 
 

WHP [-] Wrap Around Heat Pipe 
T  [K] Temperature 
Q [W] Capacity 
�̇� [kg/s] Mass Flow Rate 
Cp [kJ/kg.K] Specific Heat Capacity 
T [K] Temperature 
u [m/s] Velocity  
mei [m] Cartesian axis direction  
Qcond [W] Condenser Capacity 
Qevap [W] Evaporator Capacity 
T1 [K] Evaporator Inlet Temperature 
T2 [K] Evaporator Outlet / Cooling Coil Inlet Temperature 
T3 [K] Cooling Coil Outlet / Condenser Inlet Temperature 
T4 
Special 
characters 

[K] Condenser Outlet Temperature 

ε [-] Efficiency 
   
   

 
2. EXPERIMENTAL APPARATUS  
 

The experimental study was carried out on a heat pipe 
dehumidification unit (WHP) produced by Friterm Thermic 
Devices Inc. 

 
2.1. The WHP design 
 

The WHP design shown in Figure 2. WHP is made of 5/16" 
diameter grooved and smooth pipe with 0.3 mm wall thickness 
inside. It consists of 32 pipes, 4 rows and 32 circuits. Fin material 
is Aluminum and wall thickness is 0.12 mm. Also, Fin length is 
750 mm. 

The coil used for cooling the condenser section has a 
diameter of 15 mm and a wall thickness of 0.4 mm. The coil 

consists of 20 tubes, 4 rows and 8 circuits. The fin material of 
the coil is aluminum and is 0.10 mm thick. Coil fin length is 745 
mm. At the request of our colleagues in the Friterm sales 
department, firstly, experiments were carried out on the 
geometry, which is sold as a standard, in order to both reduce 
costs and compete with other competitors. 

 
Figure 2 View of (a) coiling coil and (b) Wrap-around heat 

pipe 

 
2.2. Experimental Setup 
 

The experimental setup was made in the air-conditioning 
room of Friterm Thermic Devices Inc. The room was built in 
2007. In January 2022, the calibrations of all measuring 
instruments were made by the authorized company. As can be 
seen in Figure 3 the test setup of the air-conditioning chamber 
consists of 4 main sections. 

 

Figure 3 Air Conditioner Room System Design 

 The first section is the part where the product to be tested is 
connected to the assembly. Here, some data is taken to determine 
the capacity of the product at the inlet and outlet. To verify the 
sensors, measurements were taken from these points again with 
the precision hand probe. These values are: 

 Evaporator Inlet Temperature 
 Evaporator Inlet Absolute and Relative Humidity 
 Evaporator Outlet / Cooling Coil Inlet Temperature 
 Evaporator Outlet / Cooling Coil Inlet Humidity 
 Cooling Coil Outlet / Condenser Inlet Temperature 
 Cooling Coil Outlet / Condenser Inlet Humidity 
 Condenser Outlet Temperature 
 Condenser Outlet Absolute and Relative Humidity 
 Air Flow 
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The 1-dimensional model of the measured points can be seen in 
Figure 4.  

 
 

Figure 4 Measurement Points on the 1D Heat Pipe Model 
 
  In the second section, there is a sight glass and a liquid holder. 
Here, this system is used to prevent liquid from reaching the fan. 
Part 3 is the part where the nozzles are. There are 4 nozzles here. 
These nozzles are used to control the air flow of the centrifugal 
fan blower. These nozzles of different sizes are used to set 
different velocities. 
 
  In the 4th part, there are centrifugal suction fan and heaters. The 
task of the heaters here is to keep the room in balance by heating 
the air as much as the capacity of the product installed in the test 
setup. The heated air is supplied to the room and the room 
remains balanced. 
 
  All filling ratios were achieved under the test conditions given 
in Table 1. 
 

Table 1 Test Conditions for all filling ratios 

Air Inlet Temperature K 298,15 
Air Relative Humanity % 80-76 
Air Mass Flow m3/h 2500-2506 
Water Inlet Temperature K 284.15-284.7 
Water Outlet Temperature K 289.15-290.15 
Water Mass Flow m3/h 2.7 

 
The properties of the R134a refrigerant at 298,15 K are given in 
Table 2. 

Table 2 The properties of the R134a refrigerant 

Density [kg/m3] 1206.07 
Psat [MPa] 0.66538 
Cp [kj/kgK] 1.4246 
Viscosity [Pas] 0.00019489 
Enthalpy[kj/kg] 234.55 

 
  The temperature of the air leaving the evaporator section is 
measured from a total of nine thermocouples placed on 3 thin 
wires stretched between them. In addition, the relative humidity 
of the air leaving the evaporator was measured from 2 different 
devices. The main reason for this is that 2 different devices are 
aimed to verify each other. Figure 5 shows the location of both 
the thermocouples and the relative humidity sensors. This is 
valid for the battery outlet section, that is, the condenser inlet 
section. In all experiments, a total of 18 T-type thermocouples 
and 2 constant relative humidity sensors and 1 relative humidity 
sensor with probe were used on both sides. 
 

 
Figure 5 Locations of T-type thermocouple and RH sensors 

  The temperature of the adiabatic zone is considered the average 
of the air entering and leaving the WHP. The adiabatic side is 
insulated with insulating materials to reduce heat transfer from 
the adiabatic section. 

 

 
Figure 6 View of the insulated adiabatic region 

NUMERICAL METHOD 
 

T1 is the temperature of the air entering the evaporator 
section. It is measured with a thermocouple placed in front of the 
WHP. 

The average outlet temperature of the evaporator section is 
calculated; 
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1 2 3 4 5 6 7 8 9
2 9

T T T T T T T T TT T T T T T T T T
T

       
  

(1) 

Here TT1…TT9 refers to the thermocouples used in the 
experimental setup. 

 
The average outlet temperature of the coil section is 

calculated 
 

10 11 12 13 14 15 16 17 18
3 9

T T T T T T T T TT T T T T T T T T
T

       
  (2) 

 
Here TT10…TT18 refers to the thermocouples used in the 

experimental setup. 
 
T4 is the temperature of the air leaving the condenser section. 

It was measured with the thermocouple in the mixing cabinet. 
 
An accurate experimental determination of the thermal 

performance of the WHP requires accurate measurements of the 
evaporator and condenser temperatures as well as the power 
transferred along it. 

 
The capacity of evaporator section is calculated as follow; 
 

 1 2evap air pQ m C T T   (3) 

 
The capacity of condenser section is calculated as follow; 

 

 3 4kon air pQ m C T T   (4) 

 
The heat transfer rates of the evaporator and condenser 

sections are equal. Therefore, the actual heat transfer rate can be 
calculated from the following equation: 

 

evap konQ Q  (5) 

 
In addition, the capacity of coil section is calculated as 

follow; 
   

 2 3coil air pQ m C T T   (6) 

 
The air mass flows across both evaporator and condenser 

sections of the WHP. In the absence of heat losses, heat 
transferred between evaporator and condenser sections is equal. 
In this case, energy balance determines that the temperature drop 
across the evaporator section (precool) is equal to the 
temperature rise in the condenser section (reheat). In some cases 
of high humidity, condensation of the air stream occurs in the 
evaporator coil.  

 
When this occurs, the evaporator section experiences both 

sensible and latent heat transfer while the con- denser section 
would only undergo sensible heat transfer. Hence, the 
temperature rise across the condenser section (reheat) would be 

greater than the temperature drops across the evaporator section 
(precool).  

 
This will affect the performance of the WHP. The sensible 

heat, latent heat or total heat effectiveness ε of the WHP is given 
as: 

 
 

, 1 2

,min 1 3

air ei

air

m T T

m T T










 
(7) 

      
    For sensible energy, latent heat energy or total energy 
effectiveness respectively. Evaporator mass flow rate is denoted 
by �̇� ,  and �̇�  is the smaller of either of the two air streams. 

 
When both air flow rates are equal, effectiveness of the WHP 

is as follows: 
 

4 31 2

1 3 1 3

T TT T

T T T T
 
 

 
 

(8) 

  
The Uncertainty analysis  
 
  The expanded uncertainty was obtained by combining the 
individual standard uncertainties. Assuming that the desired 
parameter y is dependent on the experimental variables, x1, x2, 
x3, …, each of which fluctuates in a random and independent 
way. That is, y is a function of x1, x2, x3, …, and can be written 
as: 
 

1 2 3( , , ,...)y f x x x  (9) 

 
Accordingly, the overall uncertainty of parameter y is calculated 
as follows: 
 

1 2 3

1 2 3

...y x x x

y y y
u u u u

x x x

      
              

 

(10) 

 
Where, ux1 is the uncertainty of each parameter. 
The uncertainty of the capacity can be estimated as follow; 
 

  22 Tm
Q

m T

           




  

(11) 

  The type T thermocouples used in this study have the tightest 
accuracy of all base metal thermocouples at ±1C or ±0.75, 
whichever is greater. Humidity sensor accuracy used in all tests 
is ±2 %RH. Also, the accuracy of the nozzle system in which the 
air velocity is measured is ± (0.1 m/s +1.5%). 

TRENDS AND RESULTS  
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In order to evaluate the thermal performance of the WHP, the 
temperature and pressure of the working fluid, the wall 
temperature profiles in the evaporator and condenser, and the 
thermal resistance are compared under the same experimental 
conditions in the following. Filling ratio is defined as the ratio of 
working fluid volume to the total inside volume of the heat pipe. 
Contrary to the experiments by Guo et al[10]. using one circuit, 
this study was carried out on a finished product with 60 circuits.  

 
In line with the experimental data obtained, it is seen that the 

dehumidification process takes place on the psychometric 
diagram. Theoretically, precooling should equal reheating. 
Looking at Figure 7 and Figure 8, the absolute humidity 
difference between the dehumidification process start and end 
points can be seen. 

 

 
Figure 7 Dehumidification process in psychometric chart at 

50% filling ratio 
 

 
Figure 8 Dehumidification process in psychometric chart at 

50% filling ratio 
 
Firstly, wrap-around heat pipe tests with grooved pipes and 

straight pipes were carried out at a 35% fill rate. In line with the 

results obtained, when the wrap-around capacities with straight 
pipes and grooved pipes are compared, it is seen that the capacity 
has increased by 46.97%. It is shown Figure 7. While the R134a 
refrigerant was expected to be forced against the flow in the 
grooved pipe, the increase in heat transfer negates this wait. 

 

 
Figure 9 Comparison of grooved and straight tube wrap-around 
heat pipe. 

Generally, low fill rates increase the possibility of drying in 
the evaporator section, and high fill rates inhibit fluid movement 
in the heat pipe. Looking at Figure 10, it is seen that the highest 
capacity is seen at 35% filling ratio and the lowest capacity at 
50% filling ratio. This means that the R134a movement is 
restricted at 50% filling ratio. In addition, the fact that the circuit 
angle is 3° can be shown as a factor in this situation.[10] 

 

 
Figure 10 Capacity of the WHP at different filling ratios 

 
Figure 11 shows the different fill efficiency of the wrap-around 
heat pipe. It is a known fact that the capacity of the coiled heat 
pipe is directly proportional to the efficiency. The best efficiency 
of the wrap-around heat pipe is at 35%, 30%, 25% and 50% 
occupancy, respectively.  
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Figure 11 Efficiency of the WHP at different filling ratios 

 
  Figure 12 shows the capacity of the cooling coil, which 
undertakes the dehumidification process, at different filling 
ratios. The dehumidification process occurs when the incoming 
air is cooled to the dew point temperature and condensed on the 
coil. Then, this cooled air is reheated in the condenser section 
and the dehumidification process is completed. By increasing the 
efficiency of the wrap-around heat pipe, a 15% saving was 
achieved in the capacity of the coil used for cooling. 

 
Figure 12 Air side coil capacity at different filling ratios 

CONCLUSION  

Experimental study was carried out to examine the effect of 
filling ratio on the thermal performance of WHP’s. The 
experimental setup was used to optimize the thermal 
performance of a fixed geometry WHP. The difference of this 
study from other studies in the literature was that WHP was 
investigated on the basis of a multi-circuit product, not on a 
single circuit, and the filling ratio was optimized. 

  In the first stage, the difference between grooved pipe and 
smooth pipe was examined. As can be seen in Figure 7 grooved 
pipe has higher heat transfer coefficient than straight pipe. The 
changes in heat transfer coefficient can be explained to be caused 
by the fact that the inner surface of grooved tube was greater than 
smooth pipe. 

In the second stage, results were obtained at the same air flow 
rates for different filling ratios. The numerical results indicate 

that certain filling ratios will optimize the performance of the 
wrap-around heat pipe. It can be seen in Figure 8, in our 
experiments, the filling ratio of the wrap-around heat pipe was 
found maximum the heat transfer coefficient when the filling rate 
is 35%. This percentage volume value is equal to the value at 
which the volume of the evaporator is full. This means more pre-
cooling before the cooling coil. Therefore, when the evaporator 
volume is filled with refrigerant, the filling ratio is optimized 
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ABSTRACT 
In recent years, numerous policies have been issued with 

requirements to reduce the energy use of appliances and 

emission of greenhouse gases. As one of the biggest energy 

users, large attention has been given to reducing the energy use 

of residential buildings. With renovation techniques of these 

dwellings that lower the space heating demand, low temperature 

heating systems can be applied. In this regard, electrically driven 

air to water heat pumps are the most used low temperature 

heating systems. Due to their easy installation requirements and 

low price in comparison to other heat pumps, it is expected that 

these units will be the leaders in replacing gas-fired boilers that 

currently dominate the market. However, in severe winter 

conditions, these heat pumps have a decrease in thermal capacity 

while the dwelling has an increase in energy demand. In this 

case, the difference in energy supply is mostly compensated by 

electrical auxiliary heaters. With an increase in sales of 

electrically driven heat pumps, the current electricity grid could 

suffer from voltage instabilities and overloading. To face these 

challenges, fuel cell units that are capable to generate both 

electrical and thermal energy are nowadays a large topic of 

scientific interest. With the use of reformer units, natural gas can 

directly be broken up into hydrogen which further supplies the 

fuel cell stack. In this case, the existing natural gas grid could be 

used, and the provision of hydrogen ensured throughout the 

season. With aspirations towards the decarbonisation of the 

natural gas grid, a blend-in of 5 Vol% of hydrogen is already 

approved while a larger share of hydrogen in the gas grid is 

expected in the years to come. In the scientific literature, there is 

a lack of research devoted to analysing the experimental 

performance of the currently used fuel cells and their adaptations 

to natural gas-hydrogen mixtures. In this regard, this research 

analyses the performance of a fuel cell unit for different fuel 

mixtures containing up to 30 Vol% hydrogen. The results show 

deviations in efficiency values of less than 5% and no pattern in 

the total efficiency trends for the two different controlling 

strategies of the unit.    

INTRODUCTION 
To reduce the emissions of greenhouse gases (GHG), the 

biggest energy users per sector need to be evaluated in terms of 

their present performance and prospects towards future energy 

transitions. In 2016, a final energy use share of 25.71% was 

attributed to the residential buildings sector in the European 

Union (EU) making it the largest consuming sector after 

transport [1]. In the households, space heating and domestic hot 

water heating systems jointly represent a share of 78.9% of the 

final energy use. Currently, most of the residential buildings in 

the EU are built in the 70s [2]. These buildings are characterized 

by low construction level in terms of thermal insulation and they 

require high temperature heating for meeting the energy demand 

that is nowadays mostly achieved by gas boilers.  

One of the possible solutions for replacing fossil-fuel-

powered appliances is the electrification of the equipment. This 

would mean that all fossil fuel consuming technologies should 

be replaced by electrically driven appliances. In fact, if the 

electrical energy mix would be dominated by the energy coming 

from Renewable energy sources (RES), the average global 

temperature could be limited to the increase of well below 2°C 

as set by the Paris climate agreement [3].  In the case of today’s 

households, the replacing action would concern the change of the 

traditional heating technologies (boilers) and vehicles with 

internal combustion engines into electrically driven heating 

appliances and electrical vehicles.  

 With the construction of new buildings and refurbishment of 

the existing buildings according to the newest standards that lead 

to lower heating demand, the application of low temperature 

heating systems is becoming possible. Due to their installation 

simplicity and price in comparison to other types, electrically 

driven air to water heat pumps are leading the replacement of the 

fossil fuel boilers [4]. However, at lower outdoor temperatures, 

the air to water heat pumps have decreased capacity while the 

dwellings have an increase of energy demand in those moments. 

Usually, the discrepancy between the heat pump’s capacity and 

energy demand is compensated by the use of an electrical heater 

which leads to an increase in electricity consumption. Although 

modern houses are occasionally equipped with photovoltaic 

panels that generate electricity, this contribution is often not 

enough to satisfy the total electricity requirements even with the 

use of energy storages [5]. Moreover, if the electrically driven 

heat pumps would penetrate the market at high rates at the 
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present electrical grid state, overloading and voltage instability 

of the grid could occur especially in the rural areas [6].  

NOMENCLATURE 
 

�̇� [kg/s] Mass flow rate  

h [kJ/kg] Specific enthalpy  

HHV [kJ/m3] Higher heating value 
LHV [kJ/m3] Lower heating value 

Q 

T 

[W] 

[K] 

Heat flow  

Temperature 
 

Special characters 

𝜂 [%] Efficiency of the unit 

 
Subscripts 

el 

env 
ex 

f 

FC 

hex 

i 

in/out 
w 

 Electricity 

Envelope characteristics 
Exhaust gas  

Fuel  

Fuel cell 

Heat exchanger 

Compounds of the combustion gases 

Inlet/Outlet parameters 
Water  

 

To aid electrification strategies and keep the stability of the 

electrical network, hydrogen-powered fuel cell units can be used. 

By creating a chemical reaction between hydrogen and an 

oxidizer (air or water), the fuel cell unit is capable to generate 

both electrical and thermal energy. In this way, besides keeping 

the electrical grid safe, losses in electricity transmissions are 

avoided as well since the electricity is produced locally. 

The hydrogen itself can be produced locally by utilising the 

electricity generated by the PV panels or the grid which powers 

water electrolysers for creating hydrogen and further storing it in 

pressurised tanks [7]. However, due to the occasional 

unavailability of the RES and the limited surface of the PV 

panels, the amount of produced hydrogen might not be sufficient 

to cover the peak energy demand during the winter period which 

can still evolve into grid overloading and increase of energy bills 

[8]. Another way to locally produce hydrogen is through the use 

of natural gas reformers. These units are capable to deliver up to 

4 molecules of hydrogen for one molecule of methane with 

minimal emissions. In this way, the developed natural gas grid 

can still be utilised especially considering the decarbonisation 

plan of the grid which already includes a blend of 5 Vol% of 

hydrogen in the grid with the plan to increase this amount in the 

following years [9]. 

In this article, the performance of a solid oxide fuel cell 

(SOFC) unit is experimentally evaluated through various steady-

state laboratory measurements. For each of the measurements, 

the unit was subjected to different mixtures of natural gas and 

hydrogen with the highest share up to 30 Vol% hydrogen. The 

goal of the research was to analyse if the currently available fuel 

cell units can sustain the decarbonised natural gas grid and 

deliver the same performance. The acquired data can be used for 

the verification of different numerical models of these units. The 

results have shown that the total efficiency of the examined unit 

does not have large variations on the performance for different 

fuel mixtures.  

CURRENT STATE OF THE ART 
In the scientific literature, there is a lack of profound 

experimental results on the fuel cells which are using different 

natural gas-hydrogen fuel mixtures. Instead, the state-of-the-art 

spreads between extensive numerical estimations and limited 

experimental campaigns on the results when using these specific 

fuel compositions.  

Cinti et al. [10] have made a numerical study of the 

performance of an SOFC fuel cell unit by varying the amount of 

hydrogen and methane (hythane) of the fuel blend. In total, six 

different gas compositions were applied in the proposed 

numerical simulations varying from 100% methane to 100% 

hydrogen. The numerical model is prepared by using a 

commercial tool Cycle Tempo that takes into account a system 

composed of an external reformer, SOFC stack and after burner 

unit (used to bring heat to the steam reformer). The modelling 

details of the used tool were not disclosed. The simulations were 

made for the constant fuel input and constant DC power output 

of 1.25 kW which were imposed in the model. When the system 

operates with pure methane, the electrical efficiency of 48.44% 

and total efficiency of 75.07% were found based on the LHV 

which coincides with the expectations. However, higher 

electrical efficiency is found for pure methane fuel composition 

than for hythane, while hythane fuel contributes more to the 

thermal efficiency and increases the total efficiency based on 

these simulations. The lower electrical efficiency in the case of 

hythane can be explained by the reduced performance of the 

reformer. For higher methane quantities, there is an increase in 

the hydrogen flow to the fuel cell stack which results in lower 

use of fuel for the same electricity output. When hydrogen is 

added to the composition, there is a decrease of heat absorption 

of the reformer system which results in higher heat residuals of 

the waste gases that leads to the higher heat production of the 

system. Still, despite that the use of hydrogen in the natural gas 

mixtures reduces electrical efficiency, the increase of total 

efficiency and lower emissions of waste gases keep this concept 

valuable according to this numerical analysis. 

Panagi et al. [11] have experimentally analysed the influence 

of using biohythane fuel compositions on the performance of an 

SOFC fuel cell stack with external partial oxidation reforming 

process. This fuel is typically composed of 60 Vol% of CH4, 30 

Vol% CO2 and 10 Vol% H2 that are products of anaerobic 

digestion and low carbon biomass. In this work, the ratio 

between the three compounds was varied while the ratio between 

CO2 and H2 was kept as 3:1. For a fuel composition containing 

75 Vol% CO2 and 25 Vol% H2, the SOFC unit resulted in higher 

electrical efficiency due to the higher presence of H2 and 

increased CO2 reforming process when compared to the pure 

methane fuel. Still, the most optimal fuel composition in terms 

of electrical efficiency proved to be a mixture of 50 Vol% CH4 

and 37.5 Vol% of CO2 and 12.5 Vol% H2 which led to the 

efficiency increase of 81.6% when compared to the use of pure 

methane. This fuel composition also decreases the use of 

methane by 76% if pure methane would be used as a reference.    

The rest of the work is organized into three sections. The first 

section gives the description of the developed experimental set-

up as well as the explanation of the conducted experimental 

measurements and data processing. The second section provides 
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the main results of the experimental campaign while the last 

section concludes the work.  

MEASURING EQUIPMENT AND PROCEDURE  
Description of the test set-up 

For the purpose of this study, a complete experimental set-up 

has been developed in the certified laboratory facility of the 

institute Gas.be [12]. The tested unit is the product of the 

company Solid power [13].  Table 1 gives an overview of the 

performance characteristics of the BlueGen SOFC unit.  

 

Table 1 Nominal performance characteristics of the BlueGen 

SOFC fuel cell unit. 

Electrical capacity [kW] 1.5 

Thermal capacity [W] 850 

Yearly electricity yield [kWh] 13 000 

Electrical power use [W] 200 

Energy label  A+++ 

 

  The nominal electrical capacity is 1.5 kW while the nominal 

thermal capacity is 850 W for an inlet water temperature of 30°C. 

As a fuel, in regular conditions, this unit uses the natural gas from 

the grid which is decomposed in a steam reformer. The steam 

reformer is one of the typical external reforming processes in 

which water steam is used to break up methane at the 

temperature of about 700°C. The process takes place in four 

stages. In the first stage, called the reformer stage, most of the 

methane is converted into carbon monoxide and hydrogen. In the 

second stage, which occurs in two substages, steam at lower 

temperature and pressure is brought into the process for 

dissolving the residual carbon monoxide into an extra molecule 

of hydrogen. In the fourth stage, named pressure swing 

adsorption, the gases are filtered so that pure hydrogen is 

permitted into the fuel cell stack. Eq. (1) and Eq. (2) give the 

main stoichiometric reactions of the first and second two stages 

of the steam reforming process.   

𝐶𝐻4 + 𝐻2𝑂 ↔ 𝐶𝑂 + 3𝐻2 (1) 

𝐶𝑂 + 𝐻2𝑂 ↔ 𝐶𝑂2 + 𝐻2  (2) 

In Fig. 1, a schematic overview of the experimental test set-

up and the main measuring equipment can be seen.  

At the natural gas side, a volumetric flow meter, a pressure 

sensor and a thermocouple have been placed to measure the 

thermodynamic properties of the gas. To feed the unit with the 

right gas mixture, pressurized gas bottles were used. These 

bottles were prepared prior to each of the executed tests. At the 

start-up of the unit, a small quantity of electrical energy is 

withdrawn from the grid to preheat the reformer, start the fans 

and circulation pumps. After this period, the fuel cell is capable 

of satisfying its own electricity demand and deliver the excess 

amount of generated electricity to the user or the grid. The 

electrical energy flow is monitored with a smart electrical meter. 

The useful heat output was measured with the use of a water 

circuit. To represent the low temperature heating, pressurised (2 

bar) freshwater from the grid was firstly led through a natural gas 

heater that would increase the temperature of the water to about 

30°C constantly. Further, the water is circulated and additionally 

heated in the fuel cell and then stored in a weighted water tank 

for measuring the water flow rate. The water circuit was 

equipped with four thermocouples placed at the inlet and outlet 

points of the boiler (two thermocouples at each point). To 

acquire the state of the exhaust gases of the unit, an additional 

thermocouple was placed inside the chimney of the unit while 

the quality of the exhaust gases was measured with the use of a 

gas analyser. 

Figure 1 Illustrated overview of the developed experimental set-up.

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 452 of 1061



  

  

Measurement procedure and data processing 

The measurements were made in two phases for a total of 10 

different gas mixtures. The goal of these tests was to analyse the 

effectiveness of using the decarbonised natural gas grid and to 

also analyse the performance of the fuel cell unit for the impure 

fuel mixtures when a certain amount of nitrogen, carbon dioxide 

and propane is permitted in the mixture. The overview of the 

used fuel mixtures is given in Table 2.  

 

Table 2 Natural gas-hydrogen fuel mixtures. 

G20 (-2) 100% CH4 

M1 (-2) 90% CH4 + 10% H2 

M2 (-2) 80% CH4 + 20% H2 

M3 (-2) 70% CH4 + 30% H2 

M4  87% CH4 + 13% C3H8 

M5  57% CH4 + 30% H2 + 13% C3H8 

M6  96% CH4 + 4% CO2 

M7  66% CH4 + 30% H2 + 4% CO2 

M8  92.5% CH4 + 7.5% N2 

M9  62.5% CH4 + 30% H2 + 7.5% N2 

 

Prior to each of these tests done under the first measurement 

phase, the properties of the gas mixture were communicated to 

the manufacturer of the unit. Due to safety and guarantee 

reasons, the manufacturer would wirelessly access the digital 

settings of the reformer and perform confidential adjustments. 

In the second phase, with the consent of the manufacturer, 

the measurements were repeated without the intervention of the 

manufacturer for the first four mixtures of the list (-2 in Table 2). 

Each test was done in the time duration of one hour. The 

measurement acquisition would only start when the unit enters 

steady-state performance.   

 The efficiency of the unit 𝜂𝐹𝐶  was calculated with the use of 

Eq. (3): 

𝜂𝐹𝐶 =
�̇�𝑒𝑙 + �̇�𝑤

�̇�𝑖𝑛

=
�̇�𝑒𝑙 + �̇�𝑤 ∙ 𝑐𝑝 ∙ (𝑇𝑤,𝑜𝑢𝑡 − 𝑇𝑤,𝑖𝑛)

�̇�𝑔𝑎𝑠 𝑓𝑙𝑜𝑤 ∙ 𝐻𝐻𝑉 
 (3) 

From here, individual electrical efficiency (Eq. (4)) and 

thermal efficiency (Eq. (5)) can be derived:  

𝜂𝑒𝑙 =
�̇�𝑒𝑙

�̇�𝑖𝑛

=
�̇�𝑒𝑙

�̇�𝑔𝑎𝑠 𝑓𝑙𝑜𝑤 ∙ 𝐻𝐻𝑉 
 (4) 

𝜂𝑡ℎ =
�̇�𝑤

�̇�𝑖𝑛

=
�̇�𝑤 ∙ 𝑐𝑝 ∙ (𝑇𝑤,𝑜𝑢𝑡 − 𝑇𝑤,𝑖𝑛)

�̇�𝑔𝑎𝑠 𝑓𝑙𝑜𝑤 ∙ 𝐻𝐻𝑉 
 

(5) 

In the numerator, the total energy output is calculated as a 

function of the electrical �̇�𝑒𝑙  and thermal �̇�𝑤  output. The second 

is based on the water flow rate �̇�𝑤, specific water heating 

capacity at the constant pressure 𝑐𝑝 and inlet and outlet water 

temperatures (𝑇𝑤,𝑖𝑛, 𝑇𝑤,𝑜𝑢𝑡). The denominator gives the total heat 

input to the unit as a function of the fuel flow rate �̇�𝑔𝑎𝑠 𝑓𝑙𝑜𝑤  and 

higher heating value of the fuel HHV. All results have been 

referenced to the reference conditions of the temperature of 15°C  

and pressure of 101 325 Pa. Accordingly, the standard EN 6976 

2016 [14] that specifies the calorific value of gases is used for 

the calculations.  

RESULTS 
In the first phase of the measurement data processing, the 

results have been compared based on the differences in 

performance of the unit for the used fuel mixtures and settings of 

the unit. For this purpose, the main parameters which account for 

the electrical, thermal and total efficiency were analysed.  

Figure 2 shows the amount of heat input to the unit for the 10 

different fuel mixtures and the two measuring phases. All results 

are based on the higher heating value of the fuel for the 

mentioned reference conditions. The figure shows lower heat 

input for the fuel mixtures which contain hydrogen in the case 

when the reformer has not been adjusted by the manufacturer. 

This result is logical as hydrogen fuel mixtures have a lower 

calorific value than pure methane (G20, reference gas). To keep 

the thermal output higher, it is assumed that the adjustments of 

the manufacturer implicated the higher heat input when 

hydrogen is used in the mixture. However, higher heat input does 

not necessarily imply higher efficiency (M4 fuel mixture).  

 

 
Figure 2 Heat input of the SOFC unit as a function of 

different fuel mixtures. 

 

To have a better overview of the performance of the fuel cell, 

electrical and thermal efficiencies are accounted for separately 

and jointly. Figure 3 gives the electrical energy generation while 

Figure 4 gives the electrical generation efficiency (as calculated 

by Eq. (4)) for the used fuel mixtures. Throughout the measuring 

campaign, the electrical energy output remained quite constant 

at around 1.492 kWel. This performance could be explained by 

the fact that fuel cells units are not controlled by the electricity 

demand due to a decrease in electrical generation efficiency in 

part load conditions, impracticality in following the stochastic 

electrical energy demand of the users and price of such systems. 

As mentioned earlier, the adjustment of the manufacturer for the 

hydrogen fuel mixtures resulted in lower electrical efficiencies 

than in the regular case without adjustments. Despite that the 

electrical energy output remained fairly constant, the electrical 

efficiency drops for the fuel mixtures that contain other 

compounds besides methane and hydrogen. Still, both 

measurement phases result in differences in electrical energy 

generation efficiency which are less than 3.44 percent points 

(pp).  
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Figure 3 Electricity production of the SOFC unit as a 

function of different fuel mixtures. 

 

 
Figure 4 Electrical efficiency of the SOFC unit as a 

function of different fuel mixtures. 

 

The nominal thermal output of the analysed SOFC fuel cell 

unit is reported to be 850 W. Figure 5 and Figure 6 show the 

thermal energy output and thermal efficiency (as calculated by 

Eq. (5)) for the carried-out measurement campaign. Due to the 

small difference in thermal energy output, the results were 

challenging to measure. The heat output differs for only up to 

150 W. Still, it may be observed that the manufacturer 

adjustments have led to a slightly increased amount of generated 

heat output in the case of the second two methane-hydrogen 

mixtures compared to when adjustments have not been made. 

However, this trend is not noted for the use of 10% hydrogen 

which could be explained by the fact that this was the first 

measurement under these conditions which could have caused 

unaware mistakes from both sides (to be verified). The other fuel 

mixtures M4-M9 resulted in a rather stable thermal energy 

output which is close to the nominal value. The thermal 

efficiency values are noted to be almost half of the electrical 

efficiencies and they differ with a maximum of 4.34 pp for all 

the cases.  

Lastly, in Figure 7 the total efficiency results (as calculated 

by Eq. (3)) of the considered fuel cell unit may be seen. For the 

first phase of the measurements (adjusted reformer), the 

maximum difference between the efficiency values was 4.2 pp. 

In the second phase (no adjustments) this difference is found to 

be only 1.5 pp. As the generated electrical energy was rather 

constant the difference in the results mainly comes from changes 

in generated thermal power (maximum difference 150 W) and 

fuel intake.  

 

 
Figure 5 Heat generation of the SOFC unit as a function of 

different fuel mixtures. 

 

 
Figure 6 Thermal efficiency of the SOFC unit as a function 

of different fuel mixtures. 

 

 
Figure 7 Total efficiency of the SOFC unit as a function of 

different fuel mixtures. 

 

The total efficiency values do not suggest a clear pattern in 

relation to the applied fluid mixture and neither on the reformer 

adjustments. For a higher fraction of hydrogen in a fuel mixture, 

it is expected that the electrical efficiency will drop and thermal 

efficiency rise due to the lower operating temperature of the 

steam reformer. The measurements done in this study do not 

precisely show this pattern. Still, the tests have shown that fuel 
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cell units are capable to operate with higher fractions of 

hydrogen in the natural gas grid. 

To be able to more closely account for the influence of adding 

hydrogen in the natural gas mixture, the marginal calculations on 

the individual contribution of methane and hydrogen have been 

made (second phase of data processing). These calculations have 

been performed by the company CogenVlaanderen [15] that is 

specialised in cogenerated heat production energy performance 

of systems. By using the reference measurement results for pure 

methane G20, the marginal calculations for the first 4 fuel 

mixtures in both phases were performed by using the simple 

proportion calculation method that is based on the ratio of the 

compounds in the fuel mixtures. Similarly, to the previous 

results, in this calculation, electrical, thermal and total efficiency 

were recalculated for the individual shares of methane and 

hydrogen contained in the fuel mixtures. The results have shown 

that the addition of hydrogen leads to the improvement of the 

total efficiency of the unit except for the very first measurement 

M1 (already explained earlier). This phenomenon can be 

explained as the extra hydrogen in the mixture is simply carried 

by the methane and therefore, not subjected to the reforming 

process leading to the lower use of reforming energy and lift in 

total efficiency value attributed to hydrogen only. These results 

have confirmed the benefits of the decarbonisation plans of the 

natural gas grid for the performance of the analysed SOFC fuel 

cell unit.   

CONCLUSION  
With aspirations towards lowering the emission of 

greenhouse gases and using more efficient appliances, the phase-

out of traditional fossil fuel boilers and higher use of electrically 

driven heat pump units is expected. However, the current 

electrical energy grid might suffer from overloading and 

restrictions especially in severe winter conditions. In order to 

face these challenges and generate both thermal and electrical 

energy independently at the site, fuel cell units have become a 

prominent topic of research. In this work, the performance of an 

SOFC fuel cell unit was experimentally analysed with the use of 

fuel mixtures that have an increased concentration of hydrogen. 

In total 10 different fuel mixtures have been used containing up 

to 30 Vol% hydrogen. The tests were performed in two testing 

phases that included different settings of the steam reformer of 

the unit while the data was processed by following two 

processing methods. The results have shown that there are no 

large oscillations in the efficiency of these units for the mixture 

and working conditions applied which are based on the total fuel 

inputs. However, when the individual contribution of both 

methane and hydrogen are analysed for the obtained energy 

outputs, clear benefits of introducing hydrogen in the natural gas 

grid have been noted. These results have shown prominent 

promises in decarbonising the natural gas grid and also the ability 

of the current fuel cell units to operate under decarbonized gas 

grid conditions. In the next step, these results can be used for 

calibrating the numerical models of these units and cross 

verifying the validity of the tests and simulation results.  
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ABSTRACT 
The Organic Rankine Cycle (ORC) technology is an 

efficient way to convert low-grade heat from renewable sources 
or waste heat for power generation. The partial evaporated 
Organic Rankine Cycle (PEORC) can be considered as a 
promising alternative as it can allow a higher utilization of the 
heat source or is a direct consequence of the variation of the heat 
source. An experimental investigation of a small ORC system 
used in full or partial evaporation mode is performed.  

INTRODUCTION 
The Organic Rankine Cycle technology is an efficient way to 

convert low-grade heat from renewable (geothermal, biomass, 
solar) sources for power generation [1]. ORC technology is also 
more and more investigated in the context of waste heat 
valorization. However these sources have some strong 
constraints (recovery, intermittency). Next to the ORC, the 
partial evaporated Organic Rankine Cycle (PEORC) has 
received a recent increased attention [2-5] either from a design 
point of view or as an off-design behaviour of an ORC. Contrary 
to the standard ORC behaviour, the working fluid is not fully 
evaporated in the PEORC, which can allow a higher utilization 
of the heat source or is a direct consequence of the variation of 
the heat source.  

An experimental investigation of a small ORC system used 
in full or partial evaporation mode is performed. The originality 
of the contribution lies on the nature of the expander, as main 
PEORC conceptual and especially experimental studies concern 
volumetric expansion devices.  

NOMENCLATURE 

�̇� power [ W ] 

�̇� mass flow rate [ kg.s-1 ] 

D diameter [ m ] 

N speed [ rpm ] 

h specific enthalpy [ J.kg-1 ] 

s specific entropy [ J.kg-1.K-1 ] 

P pressure [ bar ] 

T temperature [ °C ] 

x quality [ - ] 

η efficiency [ - ] 

 difference [ depends on variable ] 

ρ density [ kg.m-3 ] 

 pressure ratio [ - ] 

ω rotational speed [ rpm ] 

Subscripts 

avg average s specific 

elec electrical t turbine 

in inlet 1p 1-phase 

is isentropic 2p 2-phase 

EXPERIMENTAL TEST RIG 

ORC loop 
A dedicated test rig has been used and the Process Flow 

Diagram (PFD) is shown in Figure 1. Within it, the working 
fluid, in its liquid state, flows to the high pressure level thanks to 
the volumetric pump. The fluid is then heated, evaporated and 
superheated in contact with the heat source through the 
evaporator. It is expanded in the turbine, producing mechanical 
work and then converted into electricity. At low pressure, the 
fluid is cooled, condensed and sub-cooled by the cooling source 
within the condenser and then pumped again to close the cycle. 
A small centrifugal pump is placed downstream the volumetric 
pump to slightly increase its inlet pressure and avoid any risk of 
cavitation. In the Figure 2 thermodynamic states are presented. 
Additional characteristics are provided in the appendix.

Figure 1 Experimental test rig 
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A new generation ORC fluid (null ODP, small GWP, no 
toxicity, no flammability) is used as a reference (NOVEC649TM). 
Other HFE fluids were also tested and a zeotropic mixture (blend 
of the Novec649TM and HFE7000) is also investigated.  

 

Figure 2 T-s plot of the ORC cycle using NOVEC649TM as a 
working fluid 

 
These fluids are used as working fluids because of their 

relatively environmental friendly properties and theirs good 
performance as working fluids regarding the available literature 
[6]. The last aspect of choice of HFE fluid type (or closed to it 
with the Novec649TM) is the possibility to create zeotropic 
mixtures when these pure fluids are mixed together. Table 1 in 
the appendix summarizes the main properties of the working 
fluids. Properties are taken from EES [7] and REFPROP [8] 
softwares. 

Methodology 
 

The ORC test rig contains different probes and sensors, 
which are detailed in the appendix. Measurements of pressure, 
temperature and mass flow allow the determination of the 
various thermodynamic quantities used in the numerical model, 
excepting vapour quality at turbine inlet. For this latest 
parameter, an indirect evaluation was necessary: a thermal 
balance of evaporator was considered, assuming negligible 
thermal losses for this component. Such a hypothesis has been 
previously validated on superheated vapour cases.  

Axial micro-turbine 

The expander currently being integrated in the cycle is in fact 
a partial admission supersonic impulse axial turbine produced by 
the French manufacturer Enogia [9]. A multiple blade rotor 
preceded by a distributor composed of a single converging-
diverging injector compose the turbine. This choice allows 
avoiding excessively small and unfeasible dimensions or too 
high and impracticable rotational speed at the price of increased 
partial admission losses. In addition, the fact that all the 
expansion takes place in the single injector means that there is 
no pressure drop in the rotor, therefore reducing the loss of 
performance due to leaking losses which can become very 
penalizing for machines of this size. This choice is based on 
similitude theory, and in particular on Balje’s method [10], 

which allows identifying the type of expander for a specific 
application. Similarity considerations show that actually only 
four parameters are needed to describe completely the 
characteristics of turbomachines handling compressible fluids; 
namely, the Mach number, the Reynolds number, and the 
specific speed and diameter of the machine [10]. Balje diagram, 
illustrated in Figure 3 provides the specific speed and diameter 
range at design operation point. The selection process needed a 
preliminary evaluation of Ns and Ds whose calculation implies 
the knowledge of the type of fluid, mass flow rate, inlet 
temperature and pressure and outlet pressure as shown in Eq. (1) 
and (2): 

 𝑁 = 𝜔 ⋅ 
̇ /

 (  )
/  (1)

 𝐷 = 𝐷 ⋅ 
 (  )

/

̇ /
 (2)

In the specific application, the conditions considered are 
detailed in Table 1: the calculated Ns and Ds, respectively 
around 7 and 4 (depending on the rotational speed and diameter 
supposed) suggested partial admission impulse axial turbine was 
the best choice.

 

Figure 3 Balje diagram including turbine reference 
conditions (adapted from [10]) 

 

Table 1 Nominal parameters for the axial turbine 

Parameters Data 

Mass flow 0.055 [kg.s-1] 

Inlet Temperature 107.2 [°C] 

Inlet Pressure 4.02 [bar] 

Outlet Pressure 0.38 [bar] 

Reference fluid Novec649TM  

NOVEC649TM RESULTS 

Inlet turbine superheated conditions 

Nominal conditions obtained are the following: 
 Power : 270 W, 
 Electrical efficiency : 23 %.  
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We point out that this effiency corresponds to the generated 
electrical power, instead of isentropic efficiency in Balje 
diagram (Figure 3).  

Off-nominal conditions we are first interested in correspond 
to an increase in the temperature of the cold source and its effects 
on the production and performance of the ORC. Indeed, the cold 
source of the ORC is subjected to seasonal temperature changes, 
or even to the geographical location of the plant. The range 
retained for our experimental study goes from 13°C to 35°C. 

It was thus observed that the power produced by the ORC 
decreases with the increase in the temperature of the cold source 
(Figure 4): an increase in the temperature of the cold source of 
20° comes to divide the power of the ORC by two. 

 
Figure 4 Electrical power versus cold temperature source 

This decrease in the power produced is caused by the increase 
in the low pressure following the increase in the heat sink 
temperature (Figure 5). This increase in low pressure reduces 
the pressure rate and therefore reduces the electrical power 
produced.

 
Figure 5 Turbine pressure ratio versus cold temperature 

source 

We also note that the efficiency of the ORC decreases with 
the increase in the temperature of the cold source (Figure 6). 
This reduction in efficiency can be justified according to the fact 
that the greater the power produced, the greater the efficiency. 

 
Figure 6 Electrical efficiency versus cold temperature 

source 

Inlet turbine two-phase conditions 

The second conditions we are first interested in correspond 
to a variation of heat source, which can be the result of a natural 
variation of an intermittent heat source (in case of an ORC) or 
the result of an optimisation process (in case of a PEORC). 
Maximal pressure and flow are controlled by a classical 
throttling process (see Figure 7). The principal objective is to 
study how the cycle and especially the turbine behave in these 
conditions. For clarity reasons we systematically present 
superheated mode (“monophasic”) and two-phase mode for 
comparison.  

In Figure 8 we clearly see that the turbine continues to 
produce electricity in two-phase conditions. This production 
seems to be safe for the component. However production level is 
not as high as the optimal point in superheated mode. For the 
tested conditions the system analysis exhibits a continuity of 
power generated in partial evaporated condition compared to full 
evaporated condition. We also note in Figure 8 that the heat 
transferred continues with similar rate in partial evaporated 
mode (“two-phase”) as in fully evaporated and superheated 
mode (“single-phase”). 

 

Figure 7 Maximal pressure vs ORC mass flow 
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Figure 8 Electrical power and heat transferred in the 
evaporator generated vs ORC mass flow 

Internal turbine efficiency is definitely lower in two-phase 
mode than in superheated mode (see Figure 9). A two-phase 
effect seems responsible for a decrease of several points on 
electrical efficiency. 

 

Figure 9 Turbine electrical efficiency vs Electrical power 
generated 

NOVEC649TM AND HFE AGGREGATED RESULTS 

Multi-fluid aspect 
It is of highly importance that obtained experimental results 

can be applicable for different fluids. We do not have the space 
here to illustrate that main qualitative trends shown in the case 
of NOVEC649TM can be reproduced with the different fluids we 
considered: other pure fluids (HFE-7000, HFE-7100) and 
zeotropic mixture. The use of non-dimensional parameters 
which are already used to understand physical effect (pressure 
ratio, efficiency for example) for one particular fluid will help us 
for a multi-fluid description. 

𝜂 =  
̇ ,

̇ ,
      (3) 

 

  Inlet turbine superheated conditions 
Simplified model describing mass flow results from writing 

a choking condition in the nozzle (�̇� , is the corresponding 
critical flow). Details of this approach can be found in [6]. 

Concerning electrical efficiency (Equ. 3), a semi-empirical 
correlative approach involving traditional non-dimensional 
turbomachinery parameters (specific speed, pressure ratio) can 
accurately describe superheated steam turbine performance. We 
underline that only 4 parameters (a, b, c, and d) were necessary 
to describe monophasic tests, involving various inlet conditions 
and 4 possible fluids (including a zeotropic mixture). Equ. (4) 
gives the formula. The corresponding R2 is: 0.979. 

 

𝜂 =  𝑎. 𝑁 + 𝑏. 𝑁 + +    (4) 

Inlet turbine two-phase conditions 

Concerning the mass flow, we have to generalize mass flow 
dependency including inlet two-phase conditions. Different 
authors suggest to describe a critical condition for two-phase 
flow through a modification a critical flow [11-12] : 

 
�̇� , ≈ �̇� , / 𝑥 ,      (5) 

This approach is coherent with works on nuclear steam 
turbine [13]. Figure 11 shows the good agreement on this 
description.

 

Figure 10 Turbine efficiency model vs turbine efficiency 
measurement for the 4 different fluids tested 

Concerning the efficiency the semi-empirical correlative 
approach is completed to take into account the partially 
evaporated turbine inlet condition (inlet quality 𝑥 ,  varies 
between 0.5 and 1). We underline that only 1 additional 
parameter (e) was necessary to describe two-phase behaviour. 
The four initial parameters (a, b, c and d) are kept constant (see 
Equ. 4). Equ. (6) gives the formula. The corresponding R2 is: 
0.977. 

𝜂 =  𝑎. 𝑁 + 𝑏. 𝑁 + + + 𝑒. (1 − 𝑥 , )            (6) 

It could also be expressed as Baumann’s form [14] with 
similar quantitative results : 

𝜂 = 𝑎. 𝑁 + 𝑏. 𝑁 + + . (1 − 𝛼. 𝑦 , )         (7) 

 
where 𝑦 ,  is the average mass fraction during the 

expansion  process: 
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𝑦 , = (1 − 𝑥 , + 0)                                 (8) 

The numerical value of the coefficient (𝛼) in Equ. (7) is 0.8, close 
to values mentioned for steam turbines ([13-14]). 

 

Figure 11 Turbine mass flow model vs turbine mass flow 
measurement for the 4 different fluids tested (including inlet 

two-phase flow condition) 

 

 

Figure 12 Turbine efficiency model vs turbine efficiency 
measurement for the 4 different fluids tested (including inlet 

two-phase flow condition) 

CONCLUSION  

The Organic Rankine Cycle (ORC) technology is an 
efficient way to convert low-grade heat from renewable sources 
or waste heat for power generation. The partial evaporated 
Organic Rankine Cycle (PEORC) can be considered as a 
promising alternative as it can allow a higher utilization of the 
heat source or is a direct consequence of the variation of the heat 
source. An experimental investigation of a small ORC system 
used in full or partial evaporation mode is performed. The work 
is focused on axial turbine behaviour, which is first characterized 
in superheated mode, which corresponds to a standard ORC 
behaviour. A semi-empirical correlative approach involving 
traditional non-dimensional turbomachinery parameters 
(specific speed, pressure ratio) can accurately describe 
superheated steam turbine performance. In a second step, two-
phase behaviour was experimentally investigated. Efficiency 

decrease due to two-phase inlet condition is quantified and 
considered as acceptable. The semi-empirical correlative 
approach is then completed to take into account the partially 
evaporated turbine inlet condition. This work will provide 
experimental data for the development of numerical models able 
to describe complex internal flow of axial turbine submitted to 
partially evaporated inlet condition.  

ACKNOWLEDGMENTS 

The authors would like to express their gratitude to the Atomic 
Energy and Alternative Energies Commission and the Carnot 
Energies of the Future Institute. 

REFERENCES 
 

[1] N. Tauveron, S. Colasson, J-A. Gruss Available systems for 
the conversion of waste heat to electricity. vol. 6A, 2014. 
https://doi.org/10.1115/IMECE2014-37984. 

[2] M. T. White, Cycle and turbine optimisation for an ORC 
operating with two-phase expansion, Applied Thermal 
Engineering, 192, 2021, 116852. 

[3] F. Dawo, J. Buhr, C. Wieland, H. Spliethoff, Experimental 
investigation of the partial evaporated organic Rankine cycle 
for various heat source conditions, 6th International ORC 
Conference, paper 73.   

[4] C. Tammone, R. Pili, S. Indrehus, F. Haglind, Techno-
economic analysis of partial evaporation organic Rankine 
cycle systems for geothermal applications, 6th International 
ORC Conference, paper 51. 

[5] E. Ortego Sampedro, L. Védie, Wet to dry cycles for high 
temperature waste heat valorisation using a diphenylbiphenyl 
oxide mixture, 6th International ORC Conference, paper 57.  

[6] Q. Blondel Etude et optimisation énergétique des mélanges 
zéotropes pour les cycles thermodynamiques de Rankine. PhD 
Thesis. University of Grenoble Alpes, 2021. 

[7] F-Chart Software. EES: Engineering Equation Solver, F-
Chart Software: Engineering Software. Professional, 2018. 

[8] NIST. Reference Fluid Thermodynamic and Transport 
Properties – REFPROP. Version 9.1, 2013. 

[9] https://enogia.com/ (Accessed on 10 January 2022). 
[10] O. Balje, A Study on Design Criteria and Matching of 

Turbomachines: Part A - Similarity relations and Design 
Criteria of Turbines, J. Eng. Gas Turbines Power, 1962. 

 [11] P. B. Whalley, Boiling, Condensation, and Gas-Liquid 
Flow, Clarendon Press Ed., 1990. 

[12] J C. Leung, Easily size relief devices and piping for two-
phase flow, Chemical Engineering Progress, pp. 28-50, 1996. 

[13] A. Leyzerovich, Wet-steam Turbines for Nuclear Power 
Plants, PennWell Books Ed., 2005. 

[14] K. Baumann, Some recent developments in large steam 
turbine practice, Engineering, 111, 1921. 

 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 460 of 1061



 

 

APPENDIX : CHARACTERISTICS OF THE EXPERIMENTAL TESTS AND ORC SYSTEM  
Table 2 Variable parameters of the experimental tests 

Variable parameter Variation range 

Heat source Inlet temperature 90 – 110    °C 

Flow rate 200 – 3500  L.h-1 

Cooling source Flow rate 250 – 2500  L.h-1 

Working fluid Mass flow rate 0.03 – 0.1  kg.s-1 

 

Table 3 Equipment characteristics 

Measurement variable Equipment 
Measurement 

range 
Measurement 
uncertainty 

Electrical power Wattmeter  ± 0.3    % 

Volumetric flow rate 
(heat source) 

Electromagnetic flow meter 0 – 3500  L.h-1 ± 0.23  % 

Volumetric flow rate 
(cooling source) 

Electromagnetic flow meter 0 – 2500  L.h-1 ± 0.33  % 

Mass flow rate 
(ORC fluid) 

Coriolis flow meter 50 – 500  kg.h-1 ± 0.30  % 

Temperature Thermocouple type-K 0 – 1100  °C ± 0.2   °C 

Pressure sources 

HP cycle ORC 

BP cycle ORC 

Absolute pressure sensor 0 – 7         bar ± 1        % 

± 0.02   bar 

± 0.004 bar 

Table 4 Main properties of the four working fluids studied 

Properties 
Novec649TM HFE7000 HFE7100 Blend 50%Novec649 -  

50%HFE7000 

Fluid type Dry Dry Dry Dry 

Fluid class Fluoroketone Hydrofluoroether Hydrofluoroether - 

Formula CF3CF2C(O)CF(CF3)2 C3F7OCH3 C4F9OCH3 - 

Critical temperature (°C) 169 165 195 162 

Critical pressure (bar) 18.7 24.8 22.3 22 

Normal glide 0 0 0 2 

ODP 0 0 0 0 

GWP 1 530 320 266 

Flammability No No No No 

Toxicity Null Low Low Low 
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ABSTRACT 
Solar dryers assist in reducing post-harvesting losses by 

drying food products, resulting in longer shelf life. Solar dryers 

are normally operated during sunshine hours and are only 

useful during those hours if not incorporated with thermal 

energy storage (TES). Nevertheless, in this study, the feasibility 

of drying apples without TES in a 24 h cycle is investigated 

experimentally using a large-scale indirect solar food dryer 

with three layers of trays. The dryer uses a flat plate absorber to 

extract heat from the sun. The thermal characteristics of three 

different trays in the dryer are determined by measuring the 

thermal profiles at the top, middle and bottom trays 

experimentally during 24 h drying cycles for two average 

airflow velocities of 0.10 and 0.20 m/s inside the drying 

chamber. The maximum temperature achieved at the top tray is 

around 47 oC during sunshine periods with a lower average air 

velocity. Increasing the airflow velocity from 0.10 m/s to 0.20 

m/s reduces the maximum average drying temperature at the 

top drying tray from 47 to 41 oC. During non-sunshine hours, 

the average tray temperatures drop from around 30 oC to just 

above 15 oC. Despite this temperature drop, the dryer is still 

able to dry apples with an average moisture ratio reduction 

from 100 % to between 18-22 % during the 24 h drying cycles. 

An increase in the airflow velocity reduces the moisture ratio 

even further.  

Keywords: 24 h cycle; Apples; Experimental; Solar dryer 

INTRODUCTION 
Post-harvest losses particularly affect people in the global 

South since they lack facilities to preserve their food products 

[1]. Solar dryers offer a sustainable solution in developing 

countries for drying foods, especially fruits and vegetables so 

that post-harvest losses can be reduced [1]. Recent advances in 

solar food drying technologies have been critically reviewed in 

recent comprehensive reviews which highlighted the benefits of 

solar dryers [2-6].  

As with other solar thermal devices, solar dryers cannot be 

utilized effectively during non-sunshine hours, like at night, 

without some form of thermal energy storage (TES). Concerted 

recent research efforts have been done to improve the 

performance of solar dryers with the use of TES [7-12].  Drying 

results using TES showed better drying performance compared 

to those without TES. Continuous 24 h drying operation was 

achieved in some solar dryers with TES [7-9]. In most of these 

studies, the thermal performance of solar dyers was based on 

limited temperature measurement points in the dryer. A detailed 

distribution of the drying air temperature in different trays of an 

indirect solar dryer was examined using computational fluid 

dynamics (CFD) [13]. Knowing the different thermal profiles 

can assist in the development of strategies to dry different foods 

in the same drying chamber. Additionally, most of the studies 

measured the airflow velocity at the inlet of the collector which 

is not a true reflection of the airflow velocity in the drying 

chamber due to pressure drop and friction effects as the air 

passes from the collector to the drying chamber 

In a bid to understand the thermal profiles in different levels 

of a solar dryer, the feasibility of drying apples in continuous 

24 h drying cycles is investigated experimentally without TES 

in this study. The study aims to understand the thermal 

characteristics inside the drying chamber fully before 

incorporating energy storage. The thermal profiles at the top, 

middle and bottom levels (with 2 trays per level) are measured 

experimentally during 24 h drying cycles for two different 

average flow velocities of 0.10 and 0.20 m/s inside the drying 

chamber. Each drying level has four thermocouples to measure 

the temperature profiles such that an average drying 

temperature can be obtained for each level during the drying 

process. The results obtained will be useful in selecting the 

appropriate TES material for enhancing the performance of the 

dryer during non-sunshine periods. 

NOMENCLATURE 

M [kg] Moisture content  

M0 [kg] Initial moisture content  

Meq [kg] Equilibrium moisture content 

MR [-]  Moisture ratio 

T [K] Temperature

EXPERIMENTAL SETUP AND PROCEDURE 
Figure 1 shows the schematic representation of the 

isometric and side views of the indirect solar food dryer. The 

solar collector consists of a flat plate collector with a stainless 

steel absorber covered with Plexiglas. The length of the 

collector is 1.740 m. The height from the top of the collector to 

the ground is around 3m. Figure 2 shows a photograph of the 

solar dryer showing the major components.  
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Figure 1 (a) Isometric view and (b) side cross-sectional view of 

the dryer showing the dimensions of the different components 

of the dryer in mm. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 2  A photograph of the solar dryer. 

To extract solar radiation incident on the stainless steel 

absorber plate, 6 computer CPU cooling DC fans are connected 

to the inlet to blow air past the absorber, thus heating the drying 

chamber trays. These fans can be powered directly with a DC 

power supply or a solar panel with a battery and a charge 

controller. In the reported experiments, a DC power supply was 

used to vary the air velocity in the collector. The solar panel 

mode could not operate continuously for 24 h due to a thermal 

switch in the charge controller which shuts off the fans after 5 

hrs of operation. Two DC power supply currents of 0.2 and 

0.57 A were used which corresponded to average drying 

chamber air velocities of 0.10 (low) and 0.20 (high) m/s 

respectively. Two flat K-thermocouples with an accuracy of ± 2 
oC were placed centrally in the solar collector unit to measure 

the inlet (Tin) and outlet (Tout) temperatures of the air that is 

being heated by convection from the absorber plate. The heated 

air passes through two honeycomb air diffusers before it 

entered the dry chamber. These air diffusers were used to make 

the airflow uniform and improve heat transfer. The drying 

chamber has 3 drying levels (top, middle and bottom). Each 

level has left and right compartments (trays) making a total of 

six trays in the dryer. Four K-thermocouples (accuracy ± 2 oC) 

were placed on each level to measure the temperature 

distribution on the left and right trays of each level. The drying 

compartment (tray) without and with apples together with the 

thermocouples are shown in Figure 3. The length and width of 

each tray is around 51 cm and 47 cm, respectively. Each tray 

Solar Collector 

Drying Chamber 

Left Trays        Right Trays 

Solar Panel 

Airflow Outlet 
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has a thermocouple placed at the centre and close to the central 

rear side edge from the door opening. The apples were first 

treated with lemon juice before drying to limit the growth of 

microorganisms. Each tray had approximately 35 slices of 5-7 

mm thick circular apple slices with a total weight of around 530 

g. The diameter of the slices ranged from 60-70 mm. The total 

weight of the apples in the 6 trays was around 3.18 kg.  

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 3 (a) Empty drying tray showing the central and rear 

side thermocouples and (b) the loaded tray with apples during a 

drying experiment. 

 

The airflow velocity inside the chamber and at the inlet 

was measured with two Testo 450i thermal anemometers with a 

measuring range of 0-30 m/s, a resolution of 0.01 m/s and 

accuracy of ± 0.01 m/s for the range of 0-2 m/s. The global 

solar radiation incident onto the collector was measured with a 

Kipp and Zonen CMP11 pyranometer with a 95 % response 

time of less than 5 s. The wind speed during the experimental 

tests was measured with a Mastech 625 B anemometer with a 

range of 0.8-30 m/s, at a resolution and accuracy of 0.01 m/s 

and ± 2 % of the measured value, respectively.  

Two drying experiments with two average chamber 

drying air velocities (0.10 and 0.20 m/s) were carried out 

continuously from 9 am of the previous day to 9 am of the next 

day making a total drying time of 24 h. During the drying 

experiments, the data from the thermocouples and the 

pyranometer were automatically logged to the computer using 

an Agilent 34970 A data logger. The other remaining 

measurements were taken manually every hour. The total mass 

of the apples was measured every hour by opening the dryer so 

that the moisture ratio could be estimated. The moisture ratio 

was estimated from [14] as; 

,     

00 M

M

MM

MM
MR

eq

eq


−

−
=

,                      (1) 

where M is the moisture content, eqM  is the equilibrium 

moisture content and 0M is the initial moisture content. eqM is 

much less than M and 0M  thus it can be neglected as 

indicated in Eq. (1).  

RESULTS AND DISCUSSION 
Figure 4 shows the global solar radiation, wind speed and 

ambient temperature conditions for experimental tests for 

average chamber airflow velocities of 0.20 m/s (0.57 A-high, 

30 November -1 December 2021) and 0.10 m/s (0.2 A-low, 2-3 

December 2021), respectively. The global solar radiation 

profiles for both tests depict intermittent cloudy conditions in 

both tests, however, more pronounced and higher fluctuations 

are seen with 0.10 m/s with maximum values approaching 

around 1600 W/m2 at around 4.5 hrs of drying. The 0.20 m/s 

shows clear sky conditions from 0-6 hrs of drying. The 

fluctuations in the solar radiation were uncontrollable since 

weather conditions change each day. However, the variable 

conditions can give a perspective on the dryer performance 

under these conditions. A good solar dryer should be able to 

show satisfactory performance under variable and low solar 

radiation conditions. Regardless of these fluctuations, the 

average solar radiation for the two tests was comparable during 

the solar drying period (784 W/m2 for 0.10 m/s and 837 W/m2 

for 0.20 m/s). During the second day of drying (20-24 hrs), the 

0.20 m/s test shows clear sky conditions whereas it is cloudy 

for the 0.10 m/s test. Generally, the 0.10 m/s case shows higher 

wind speed values in the 24 h drying period with maximum 

wind speed values above 3 m/s at around 6 hrs and 9 hrs of 

drying compared to 2.5 m/s at 23 hrs of drying for the 0.20 m/s. 

The ambient air temperature for the 0.10 m/s case is higher than 

the 0.20 m/s case from 0-20 hrs of drying possibly due to the 

higher global solar radiation conditions on the first day of solar 

drying. However, on the second day of drying (after 20 hours), 

the 0.20 m/s case shows higher ambient temperature conditions 

due to the higher global solar radiation conditions. Average 

Rear side thermocouple 

Central thermocouple 

a 
47 cm 

b 

51 cm 
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ambient temperatures for the two tests are also comparable in 

the 24 h period (25.1 oC for 0.10 m/s and 25.6 oC for 0.20 m/s).      

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 4 (a) Global solar radiation, (b) wind speed and (c) 

ambient air temperature conditions during the experimental 

tests using average drying chamber airflow velocities of 0.10 

and 0.20 m/s. 

The solar collector air inlet and outlet temperatures for 

the two experimental tests are shown in Figure 5. The inlet and 

outlet temperatures seem to follow the variation of the ambient 

temperatures. Higher collector temperatures are obtained for 

the airflow velocity of 0.10 m/s from 0-20 hrs, due to the longer 

residence time in the collector as well as the higher global solar 

radiation conditions. This has also been confirmed in well-

defined lab drying experiments under an artificial sun [15]. Up 

and down fluctuations in the collector temperatures from 4-8 

hrs of drying are possibly due the variation in the solar 

radiation and wind speed. The maximum outlet temperatures in 

the collector are around 85 oC at 4.5 hrs for the 0.10 m/s case 

compared to around 75 oC at around 3 hrs for the 0.20 m/s case. 

The earlier occurrence of the maximum collector temperature is 

due to the higher airflow velocity as a result of an increased 

heat transfer. There is a slightly greater temperature difference 

between the outlet and inlet temperatures for the 0.10 m/s (30 
oC) case compared to the 0.20 m/s case (28 oC). From 8-20 hrs 

of drying, the collector temperatures drop during the non-shine 

period. The minimum outlet temperature obtained during the 

non-sunshine hours for the 0.10 m/s case is around 19 oC which 

is slightly lower than the 0.20 m/s case of 16 oC. The collector 

temperatures after 20 hrs are higher for the 0.20 m/s case 

compared to the 0.10 m/s as a result of the higher global solar 

radiation conditions. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 5 (a) Collector inlet and (b) outlet temperatures using 

average drying chamber airflow velocities of 0.10 and 0.20 m/s. 

0 4 8 12 16 20 24
0

200

400

600

800

1000

1200

1400

1600

 

 

S
o
la

r 
R

a
d
ia

ti
o
n
 (

W
/m

2
)

Time (hrs)

 0.10 m/s

 0.20 m/s

a

0 4 8 12 16 20 24
0.0

0.5

1.0

1.5

2.0

2.5

3.0

3.5

 

 

W
in

d
 S

p
e

e
d

 (
m

/s
)

Time (hrs)

 0.10 m/s

 0.20 m/s

b

0 4 8 12 16 20 24

15

20

25

30

35

40

45

 

 

A
m

b
ie

n
t 

T
e

m
p

e
ra

tu
re

 (
o
C

)

Time (hrs)

 0.10 m/s

 0.20 m/s

c

0 4 8 12 16 20 24
10

20

30

40

50

60

 

 

C
o

lle
ct

o
r 

In
le

t 
T

e
m

p
e

ra
tu

re
 (

o
C

)

Time (hrs)

 0.10 m/s

 0.20 m/s

a

0 4 8 12 16 20 24
10

20

30

40

50

60

70

80

90

 

 

C
o

lle
ct

o
r 

O
u

tle
t 

T
e
m

p
e

ra
tu

re
 (

o
C

)

Time (hrs)

 0.10 m/s

 0.20 m/s

b

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 465 of 1061



    

  

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 6 Average drying chamber temperatures for (a) the top, 

(b) middle and (c) bottom trays using average drying chamber 

airflow velocities of 0.10 and 0.20 m/s. 

 

The average drying chamber temperatures for the top, 

middle and bottom chamber trays using the two average 

chamber air velocities are shown in Figure 6. The average 

drying chamber temperatures follow the same trends with 

collector temperatures. Generally, higher average drying 

chamber temperatures are seen with the lower average chamber 

airflow velocity of 0.10 m/s from 0-20 hrs. The maximum 

average temperatures at the top, middle and bottom trays are 

around 47, 46 and 43 oC for 0.10 m/s whereas the 

corresponding maximum temperatures for 0.20 m/s are around 

41, 40 and 38 oC, respectively.  The sudden up and down 

fluctuations during the solar heating period is due to the 

opening and closing of the drying chamber when measuring the 

hourly mass of the dried products. It is also important to note 

that the average drying chamber temperatures at the bottom of 

the chamber are comparable for the two flow rates between 0-

3.5 hrs.  The minimum average drying chamber temperatures 

obtained at the bottom during the non-sunshine period are 

around 17 and 15 oC for 0.10 and 0.20 m/s, respectively. These 

minimum average drying chamber temperatures can be 

improved with the use of TES as reported in [9]. As with the 

collector temperatures, the average drying chamber 

temperatures from 20-24 hrs, are greater for 0.20 m/s compared 

to 0.10 m/s. Since the maximum drying chamber temperatures 

are larger than 40 oC, a phase change material (PCM) that melts 

around 45 oC can be placed in the drying chamber before the 

second air diffuser to improve the performance. The current 

dryer has a provision for incorporating TES, and latent heat 

storage is preferred over sensible heat storage due to the larger 

energy storage density of the former. However, this is not part 

of the current study.  

The average moisture ratios in the six trays for the two air 

velocities are shown in Figure 7. Even with low average 

chamber temperatures achieved, the 0.20 m/s case shows a 

faster rate of drop in the moisture ratio from 0-10 hrs due to the 

increased drying heat transfer rate induced by the higher 

airflow velocity. The equilibrium moisture is attained at 10 hrs 

of drying, and the corresponding average moisture ratios are 

around 22 and 19 % for the 0.10 and 0.20 m/s cases. 

respectively. Lower values of the average moisture ratios are 

seen with higher airflow velocity for the whole duration of 

drying. A slight increase in the average moisture ratios is seen 

between 16-20 hrs of drying possibly due to the lower drying 

chamber temperatures which reintroduce moisture. This is, 

however, not very significant and can be reduced with the use 

of TES. 

Figure 7 Average moisture ratios in the drying chamber for 

average drying chamber airflow velocities of 0.10 and 0.20 m/s. 
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It is also important to note that the tests could not be 

carried out under almost identical ambient conditions of solar 

radiation and temperature to fully confirm the effect of airflow 

velocity except under strict laboratory conditions. These 

laboratory conditions, however, cannot replace the 

unpredictable weather conditions which happen in reality. 

Regardless of the variable weather conditions, the average solar 

radiation and temperatures were comparable in these two tests. 

CONCLUSION  
 An experimental study of solar drying of apples in 

continuous 24 h drying cycles has been presented. The thermal 

profiles at the top, middle and bottom trays were measured 

experimentally during 24 h drying cycles for two average 

airflow velocities of 0.10 and 0.20 m/s inside the drying 

chamber. Each drying chamber level, with left and right trays, 

had four thermocouples to measure the temperature profiles 

such that an average drying temperature was obtained for each 

level during the drying process. The maximum temperature 

achieved at the top tray was around 47 oC during sunshine 

periods with the lowest average air velocity of 0.10 m/s. 

Increasing the airflow velocity reduced the maximum average 

drying temperature at the top drying tray. The maximum 

average temperatures obtained at the top level are 45 and 41 oC 

for average airflow velocities of 0.10 and 0.20 m/s, 

respectively, during sunshine hours. During non-sunshine 

hours, the average tray temperatures dropped from around 30 
oC to just above 15 oC between 8- 20 h of the drying process.  

Despite this temperature drop, the dryer is still able to dry 

apples with an average moisture ratio reduction from 100 % to 

between 18-22 % during the 24 h drying cycles. An increase in 

the airflow velocity reduced the moisture ratio. The tests, 

however, need to be carried out under almost identical ambient 

solar radiation and temperature conditions to fully confirm this. 

In practice, this is challenging except under well-controlled 

laboratory conditions. The dryer also has a provision for 

incorporating TES to improve the drying rate during non-

sunshine hours. The appropriate phase material to improve the 

thermal performance during non-sunshine periods should have 

a melting temperature of around 45 oC. Future work will look at 

the integration of TES to improve the drying performance 

during night-time. 
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ABSTRACT 
In recent years hydrofluoroolefins (HFOs) have emerged as 

low Global Warming Potential (GWP) substitutes for R134a in 

heat transfer applications. As a drawback, HFOs are classified 

as mildly flammable (A2L class). In the search for non-

flammable alternatives to R134a, mixtures of 

hydrofluoroolefins and hydrofluorocarbons can be adopted for 

better trade-offs among GWP, flammability, volumetric 

capacity, and cycle performance. Among R134a low-GWP 

substitutes that belong to ASHRAE A1 classification, R513A 

(R134a/R1234yf at 44/56% by mass) and R450A 

(R134a/R1234ze(E) at 42/58% by mass) can be considered as 

promising alternatives. The aim of the present work is to 

investigate the heat transfer performance of R513A and R450A 

during flow boiling inside a 0.96 mm inner diameter channel. 

R513A is an azeotropic mixture while R450A is a near-

azeotropic blend (temperature glide 0.6 K at 30 °C). Flow 

boiling tests are performed at 30 °C saturation temperature and 

mass flux from 300 kg m-2 s-1 to 500 kg m-2 s-1. The effect of 

vapor quality, mass flux and heat flux on the flow boiling heat 

transfer coefficient of the blends is evaluated. The flow boiling 

heat transfer database is then compared with predictions from 

available correlations in the literature. 

INTRODUCTION 
Over recent years increased attention has been reserved to 

the mitigation of the environmental impact related to all human 

activities and needs. With the EU regulation 517/2014, the 

European Union sets the hydrofluorocarbons (HFCs) phase-

down pushing industries and researchers to consider more 

sustainable alternatives. The planned phase-down will lead to a 

79% cut in the HFC supply by 2030, with respect to 2015 data 

of HFC sales. R134a was one of the most widely used 

refrigerant in automotive air-conditioning systems and domestic 

heat pump thanks to its thermophysical properties that makes it 

suitable for medium and high temperature applications. 

Hydrofluoroolefins like R1234ze(E) and R1234yf have been 

proposed as low-GWP alternatives for R134a [1], but this 

solution must consider also their flammability. To overcome 

this issue, mixtures of hydrofluoroolefins (R1234ze(E) or 

R1234yf) and HFCs have been proposed as drop-in candidates 

and some experimental and numerical studies have been 

reported in the literature. Ramìrez-Hernàndez et al. [2] 

experimentally compared the performance of R1234ze(E), 

R450A and a blend of R1234ze(E)/R134a (90/10% by mass) in 

a light commercial refrigeration system. The authors concluded 

that the tested zeotropic mixtures represent short-term solutions 

that balance ambient regulations and refrigerant costs, 

preserving the system´s operating conditions. Azzolin et al. [3] 

studied the condensation heat transfer coefficient of 

R1234ze(E), R450A and R515B inside a 3.4 mm and a 0.96 

mm diameter test sections, at a saturation temperature equal to 

40 °C. From a comparative analysis accounting for both heat 

transfer and pressure drop, it emerged that R134a displayed 

13% higher heat transfer coefficients compared to R450A, and 

26% higher heat transfer coefficients with respect to 

R1234ze(E) and R515B. Kedzierski et al. [4] compared the 

performance of R450A, R1234yf and R134a during flow 

boiling inside an horizontal microfin tube. The results proved 

that with R450A and R1234yf the reduction of the average heat 

transfer coefficient is respectively equal to 15% and 5%. 

Moreover, Mateu-Royo et al. [5] numerically investigated the 

behavior of a heat pump working with R1234ze(E), R515B and 

R134a. The obtained COP values with the three fluids at the 

same operative conditions were comparable.  

In this paper, flow boiling heat transfer coefficients of the 

near-azeotropic mixture R450A (R1234ze(E)/R134a 

composition 58/42% by mass) and azeotropic mixture R513A 

(R1234yf/R134a composition 56/44% by mass) have been 

measured inside a 0.96 mm inner diameter circular test section. 

The effects of mass flux, heat flux and vapor quality on the 

flow boiling heat transfer coefficient have been investigated. 

The collected data have been also compared with some models 

for heat transfer coefficient predictions. 

NOMENCLATURE 

c [J kg-1 K-1] Specific heat 

COP [-] Coefficient of performance 

D [m] Hydraulic diameter

G [kg m-2 s-1] Mass flux 

GWP [-] Global Warming Potential 

HTC [W m-2 K-1] Heat Transfer Coefficient 

ṁ [kg s-1] Mass flow rate 

p [bar ] Pressure 
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q [W m-2] Heat flux 

T [K] Temperature 

x [-] Vapour quality  

z [m] Axial position along the test section  

 

Greek letters 
α [W m-2 K-1] Heat transfer coefficient  
λ [W m-1 K-1] Thermal conductivity 
μ [μPa s-1] Viscosity 
π [-] Greek pi number  
ρ [kg m-3] Density 
σ [N m-1] Surface tension 

 

Subscripts 

dew  Dew point 

L  Liquid 

ref  Refrigerant 

sat  Saturation 

V  Vapour 

w  Water 

wall  Wall  

 

EXPERIMENTAL SETUP AND DATA REDUCTION 
In Figure 1 the experimental apparatus used during the 

tests conducted at the Two-Phase Heat Transfer Lab of the 

University of Padova is showed. The subcooled refrigerant is 

circulated in the two-phase loop by an inverter driven magnetic 

gear pump and it passes through a Coriolis-effect mass flow 

meter. After a mechanical filter, the refrigerant is heated up 

firstly in the pre-heater and then in the pre-sector to accurately 

control the subcooling degree at the inlet of the measuring 

sector. In the measuring sector, the refrigerant vaporization 

takes place and the local heat transfer coefficients are 

measured. Hot water is used as secondary fluid in the test 

section to provide the necessary heat flow rate to the 

refrigerant. The inlet water temperature is controlled using a 

thermal bath. The water mass flow rates are measured with two 

Coriolis-effect mass flow meters installed in the water circuits 

of the pre-sector and measuring sector. At the outlet of the 

measuring section, the refrigerant enters a tube-in-tube heat 

exchanger (fed by chilled water provided at 10 °C by another 

thermal bath) in which it is condensed and subcooled.  

The measuring sector consists of a circular smooth copper 

minichannel with inner diameter equal to 0.96 mm. The 

external surface of the tube has been machined in order to 

increase the heat transfer area on the secondary fluid side, mix 

the water flow and provide thermocouples insertion. The water 

inlet and outlet temperatures are measured by thermocouples 

and double checked with a triple-junction thermopile. The test 

section allows to determine the local heat transfer coefficients 

during flow boiling of the refrigerant. Fifteen thermocouples 

are installed in the water path and thirteen thermocouples are 

inserted in holes drilled along the channel to get the wall 

temperature. 

The local heat transfer coefficient (HTC) is obtained as: 

In Eq. (1) the denominator is the wall-to-refrigerant 

temperature difference at the axial position z along the section. 

Since water is used as secondary fluid, the heat flux q in the test 

section is not imposed (as it is the case when using electrical 

heaters) but it varies and is obtained from the water temperature 

profile in the measuring section: 

For the calculation of the derivative of the water 

temperature along the test section, a function that interpolates 

the measured water temperature values along the channel must 

be determined. The criterion to decide the best polynomial 

fitting function and more information regarding experimental 

setup and data reduction can be found in [6,7]. 

The refrigerant mixtures studied in this work are: the 

binary near-azeotropic blend R450A (R1234ze(E)/R134a 

composition 58/42% by mass) and the binary azeotropic 

mixture R513A (R1234yf/R134a composition 56/44% by 

mass). Both mixtures are classified as A1 (non- flammable and 

non-toxic) by ASHRAE standard. The thermodynamic and 

transport properties of these two blends and their components 

are reported in Table 1, at 30°C saturation temperature (dew 

temperature equal to 30.3 °C for R450A). 

 

Table 1. Thermodynamic and transport properties of the two 

studied mixtures (R450A, R513A) and their pure components 

(R1234ze(E), R1234yf, R134a) calculated with NIST Refprop 

10 [8] at 30°C mean saturation temperature. 

 
Fluid R1234ze(E) R1234yf R134a R450A R513A 

GWP100-years <1 <1 1430 547 629 

psat [bar ] 5.78 7.84 7.7 6.77 8.21 

ρL [kg m-3] 1146.4 1073.3 1187.5 1160.6 1141.8 

ρV [kg m-3] 30.52 46.73 37.34 34.59 43.5 

λL [mW m-1 K-1] 72.52 62.02 78.99 74.79 68.13 

μL [μPa s-1] 178.89 143.97 183.13 178.48 156.05 

σ [mN m-1] 8.21 5.56 7.38 7.7 6.1 

Tdew [°C] - - - 30.32 - 

Glide [K] - - - 0.64 - 

 

 
Figure 1 Experimental setup: FD filter dryer; PV pressure 

vessel; CFM Coriolis effect mass flow meter; TV regulation 

valve; MF mechanical filter; BV ball valve; PS pre-sector. 
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The experimental uncertainty has been evaluated according to 

JCGM guidelines [9]. When considering the present 

experimental database, the average uncertainty on the flow 

boiling heat transfer coefficient is equal to 7.5% with a 

coverage factor equal to 2. 

 

FLOW BOILING TESTS RESULTS 
Flow boiling tests were performed at 30 °C saturation 

temperature and mass fluxes equal to 300 and 500 kg m-2 s-1. In 

Figure 2 the heat transfer coefficients are reported as function 

of the heat flux for vapour quality 0.1< x <0.2. 
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Figure 2 Flow boiling heat transfer coefficient versus heat 

flux measured in the 0.96 mm channel at 30 °C saturation 

temperature, mass flux equal to 300 and 500 kg m-2 s-1 and 

vapour quality 0.1< x <0.2 for: a) R450A, b) R513A. 

 

Figure 2 shows a similar trend for the heat transfer 

coefficient of both R450A and R513A at nearly constant vapor 

quality: when increasing the heat flux, the number of nucleation 

sites is expected to rise, thus determining higher values of the 

flow boiling heat transfer coefficient. When the heat flux 

increases from 50 to 90 kW m-2, the heat transfer coefficient 

rises from 15000 to 23000 W m-2 K-1 for R513A (Figure 2b). 

Instead, for R450A, considering the same heat flux range, the 

flow boiling HTC increase is lower (Figure 2a). The effect of 

the mass flux on the flow boiling heat transfer coefficient is 

negligible for both the mixtures.  

 

 

It can be observed that, when the heat flux is higher than 

40 kW m-2, the heat transfer coefficient of R450A is slightly 

lower compared to the one of R513A. Indeed, at 60 kW m-2 the 
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Figure 3 Flow boiling heat transfer coefficient versus vapour 

quality measured in the 0.96 mm section at 30 °C saturation 

temperature, mass fluxes equal to 300 and 500 kg m-2 s-1, and 

heat fluxes 45< q <55 kW m-2 for: a) R450A and b) R513A. 
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heat transfer coefficient of R450A is 13.5% lower than the 

HTC realized by R513A. When the heat flux is equal to 80 kW 

m-2 the difference between the two fluids is equal to 14.3%.  

In Figure 3, the effect of vapour quality on the flow boiling 

heat transfer coefficient is analysed. At fixed heat flux, the 

increasing vapor quality causes a reduction of the flow boiling 

heat transfer coefficient. Indeed, for R513A (Figure 3b), the 

flow boiling heat transfer coefficient at x = 0.4 is 12.5% lower 

than the one measured at x = 0.2, with heat flux equal to 50 ± 5 

kW m-2. This trend is confirmed also for R450A in Figure 3a). 

This behaviour has been reported in other experimental studies 

for pure fluids in minichannels (Bortolin et al. [10], Shiferaw at 

al. [11]). There are different possible explanations for the 

reduction of the heat transfer coefficient with the vapour quality 

in minichannels at constant mass flux and heat flux: the 

limitation of the liquid supplement to the liquid layer 

surrounding the elongated bubbles (Yin and Jia [12]), the 

partial dryout of the liquid film, the suppression of the 

nucleation component at high vapor quality.  
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Figure 4 Comparison of the flow boiling heat transfer 

coefficient measured in the 0.96 mm channel at 30 °C mean 

saturation temperature, mass flux equal to 300 kg m-2 s-1 and 

vapor quality 0.1< x <0.2 for R134a, R450A and R513A. 

 

In Figure 4 the flow boiling heat transfer coefficient of the 

tested mixtures have been compared with that of the pure 

component R134a. The data of R134a have been taken from a 

previous work [6]. The comparison has been performed at 300 

kg m-2 s-1 and vapor quality ranging between 0.1 and 0.2. As 

shown in the figure, the heat transfer coefficients at heat flux 

lower than 30 kW m-2 are comparable. When the heat flux rises, 

the heat transfer coefficients of R513A and R134a are similar 

while R450A shows a reduction compared to R134a. Indeed, at 

75 kW m-2 the flow boiling heat transfer coefficient of R513A 

is 14.3% lower than the heat transfer coefficient of R134a. 

 

COMPARISON WITH PREDICTION MODELS 
The measured heat transfer coefficients of R450A and 

R513A have been compared with the HTC values calculated 

with two models available in the literature. All the considered 

data are taken before to reach dry-out conditions. The model by 

Sun and Mishima [13] and the model by Bertsch [14] have been 

considered for predicting flow boiling heat transfer coefficients. 

The model of Sun and Mishima [13], developed for 

minichannels, assumes that nucleate boiling is the only 

contribution affecting the value of the heat transfer coefficient. 

Instead, the model of Bertsch [14] is based on a weighted 

combination of the nucleate boiling heat transfer coefficient 

and the convective boiling heat transfer coefficient. Since 

R513A is an azeotropic mixture, the correlations have been 

applied without the introduction of any correction term to 

account for the additional mass transfer resistance. Instead, 

when considering the data for R450A, since it is a near-

azeotropic blend with a temperature glide equal to 0.63 K, the 

zeotropic behaviour of the mixture is considered. Indeed, the 

difference of the predicted heat transfer coefficient with or 

without the corrections for non-azeotropic mixtures is around 

10%.  

The corrections terms introduced in the two models 

originally developed for pure fluids are reported in detail in 

Azzolin et al. [15]. Briefly, when considering the model by Sun 

and Mishima [13], only the correction factor Fc developed by 

Thome [16] is applied. The correction factor Fc is calculated as 

a function of the temperature glide. The Fc parameter multiplies 

the boiling number in the correlation of Sun and Mishima [13] 

and takes its exponent. Instead, when considering the model by 

Bertsch [14], a different approach for the implementation of the 

correction must be considered. Differently from the model by 

Sun and Mishima [13], this correlation considers both the 

contribution of the nucleate boiling and of the convective 

boiling components. Therefore, as first step, the nucleate 

boiling component is corrected with the Fc parameter 

developed by Thome [16]. The calculated heat transfer 

coefficient is then corrected as proposed by Bell and Ghaly 

[17]. 

Figures 5 and 6 present the ratio of the calculated to 

measured heat transfer coefficient versus the heat flux and the 

vapor quality respectively (for R450A the models have been 

applied with the corrections for non-azeotropic mixtures as 

previously indicated). 

Figure 5 shows the ratio of the heat transfer coefficient 

calculated by the models to the HTC measured during the 

experimental campaign. As shown in Figure 5, the model by 

Sun and Mishima [13] underestimates the value of the heat 

transfer coefficient for all the heat flux range. Indeed, the mean 

deviation of the model is equal to -23.7% for R450A and -

18.8% for R513A. The model by Bertsch [14], at low heat 

fluxes, slightly overpredicts the measured heat transfer 

coefficient. Instead, when the heat flux is increased, even the 

model by Bertsch underestimates the heat transfer coefficient. 

For heat fluxes lower than 30 kW m-2, the absolute relative 

error of the model is around 13%, and it reaches 30% when 

increasing the heat flux. 
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Figure 5 Predicted flow boiling heat transfer coefficient vs 

heat flux for a) R450A and b) R513A when applying the 

models by Sun and Mishima [13] (SM) and Bertsch [14] (B) in 

the 0.96 mm inner diameter minichannel. G is mass flux [kg 

m-2 s-1]. 

 

In Figure 6, the ratio between the calculated (by the models 

of Sun and Mishima [13] and Bertsch [14]) and experimental 

heat transfer coefficient is plotted vs vapor quality. It must be 

considered that points in Figure 6 refer also to different values 

of heat flux, as reported in Figure 5. At vapour quality lower 

than 0.15, the model of Bertsch [14] is able to predict the heat 

transfer coefficient with mean absolute deviation around 4.6% 

and 14.5% respectively for R513A and R450A. At the same 

conditions, the model of Sun and Mishima [13] presents 

absolute deviations equal to 16.5% for R513A and 25.1% for 

R450A. The more the vapour quality increases, the more the 

absolute relative error rises and both models underestimate the 

heat transfer coefficients. However it must be considered that, 

since water and refrigerants flow in counter-current, usually 

higher values of heat flux are achieved at higher vapor quality 

(closer to the water inlet) where the temperature difference 

between water and refrigerant is higher). 

Considering the whole database: the model of Bertsch [14] 

predicts the data of R513A with a mean absolute deviation 

equal to 11.8% and a standard deviation equal to 9.2%; when 

considering R450A, the mean absolute deviation is equal to 

19.1 % and the standard deviation is equal to 7.1 %. The model 

by Sun and Mishima [13] presents a mean absolute deviation 

equal to 18.8% and 23.6% respectively for R513A and R450A, 

and a standard deviation equal to 6.8% and 5.2% for R513A 

and R450A. 
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Figure 6 Predicted flow boiling heat transfer coefficient vs 

vapor quality of a) R450A and b) R513A when applying the 

models by Sun and Mishima [13] (SM) and Bertsch [14] (B) in 

the 0.96 mm inner diameter minichannel. G is mass flux [kg 

m-2 s-1] 
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CONCLUSIONS 
In this work experimental heat transfer coefficients 

measured during vaporization of low-GWP mixtures R450A 

and R513A have been reported. Tests have been run inside a 

0.96 mm inner diameter smooth horizontal minichannel at 

mean saturation temperature equal to 30 °C and at mass flux 

equal to 300 kg m-2 s-1 and 500 kg m-2 s-1.  

The flow boiling heat transfer coefficient increases with 

the heat flux at both mass fluxes, while no effect of the mass 

flux have been detected. Considering a constant value of the 

heat flux and mass flux, an increase of the vapour quality 

causes a reduction of the flow boiling heat transfer coefficient. 

The heat transfer coefficients measured with R450A are 

slightly lower compared to the ones of R513A. In particular, 

when the heat flux is equal to 60 kW m-2, the heat transfer 

coefficient measured with R450A is 13.5% lower than the one 

of R513A. 

The present flow boiling database has been compared with 

the predictions of two models. The correlation of Sun and 

Mishima [13] underestimates the heat transfer coefficient of 

both fluids, with a mean absolute deviation equal to 21.2% and 

a standard deviation equal to 6.1%. Also the model by Bertsch 

[14] underestimates the heat transfer coefficient with a mean 

absolute deviation equal to 15.5% and a standard deviation 

equal to 8.1%. For R450A, that is a near-azeotropic mixture, 

both the models have been applied considering the correction 

terms as reported in Azzolin et al. [15]. 
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ABSTRACT 
In this study, a compact liquid combustor without pressurized 

atomizer is designed by using a dual swirl. By controlling the 

inner (the first stage) and outer (the second stage) of air flow 

rates, two typical flame structures with different modes can be 

formed. When the inner stage air flow is low, the laminar tubular 

flame is established, which owns overwhelming stability and 

ultralow NOx and soot emissions. To understand the flame 

stabilization mechanism, the flow field of the dual swirl 

combustor is measured by a Particle Image Velocimetry (PIV) 

system. It is found that there is an obvious reverse flow region 

on the wall of the concentric tube under the working conditions, 

and an obvious different flame structures are observed 

downstream of the nozzle. One flame forms a mainstream on the 

central axis of downstream, while the other forms two zones. 

According to the radial velocities at different axial positions, it 

can be found that the velocity distribution begins to change 

significantly at the nozzle exit. Moreover, combined with the 

intensity distribution of OH, the stagnation zone is larger with 

the increasing the axis, and the flame may be more stable. From 

the circumferential velocity field and vorticity field, for r=10-

16mm, the inner air flow is larger and the influence range is 

smaller. It is easier to form a uniformly distributed vorticity 

region which is conducive to mixing to transfer heat in the center 

when the inner air flow is smaller. 

Keywords: Ethanol combustion; Dual swirl; Tubular flame; 

PIV; Heat transfer; 

INTRODUCTION 
Ethanol is an effective substitute for traditional fuels as a 

renewable and typical oxygenated biofuel. Owing to its 

remarkable economic benefits and low pollutant emission, the 

ethanol has been widely adopted in a variety of power systems, 

including internal combustion (IC) engines and gas turbines [1-

4]. In terms of combustion chemistry, ethanol has higher latent 

heat of vaporization and lower flame temperature than fossil 

fuels, which makes it difficult to ignite and stabilize the flame. 

To make full use of the heat of liquid fuel combustion, Kumar[5] 

designed a connection method including atomizer and 

conventional combustion to realize the full combustion of 

biomass fuel, but the whole combustion system is relatively 

complex. There are also other measures, such as point spray [6], 

liquid film combustor [7], in which liquid fuel injection and 

atomization play a key role in the subsequent combustion 

process. Ren [8] et al. evaporated the liquid fuel by preheating, 

but the burner is large and the operation process is complex. 

Therefore, in view of the above problems, Shi [9] et al. designed 

a compact combustor that can burn ethanol efficiently, which can 

finally achieve the output of up to 10kW power and can use the 

dual swirl burner to realize the laminar stable combustion flame 

of ethanol. The heat transfer process is analyzed based on a series 

of experiments and theories. However, due to the large swirl 

number and large air flow rate at the difference stage, it is 

necessary to analyze the flow field causing laminar combustion. 

Analyzing the process of heat and mass transfer through velocity 

field that is more helpful to understand high-efficiency 

combustion process and lay a theoretical foundation for 

designing a more efficient liquid combustion. 

EXPERIMENTAL APPARATUS 

The main structure of the combustor has been introduced in 

detail in Ref. [9].  The structure of the dual swirl combustor is 

illustrated in Fig.1. At the initiation stage, methane/air mixture 

is injected through the second stage swirl to preheat the cooper 

tube and the liquid fuel; ethanol vapor can be continuously and 

ignited after a few minutes. Meanwhile, during the initial stage, 

the air flow of the first stage is maintained 30L/min to preheat 

the inner liquid fuel. Thereafter, the air flow rate is adjusted to 

yield different flames. To enhance the mixing, the downstream 

tip of the liquid nozzle is designed as120º to form a circular cone, 

and the air of the first stage and the second stage is injected 

against direction. The distance between the end of the copper 

tube and nozzle tip is set as x=7.8mm, aiming to parallel the 

nozzle exit with the end of copper tube. The air flow rates in the 

first (inner) and the second (outer) stages are denoted as QA1 and 

QA2, respectively. While the overall air flow rate is denoted as 

QT. The liquid ethanol flow rate is QL. Moreover, the velocity at 

different axial (Z) and radial (r) positions are measured by 

Particle Image Velocimetry (PIV), where the axial velocity is 

expressed by Vx. 
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Figure 1 Structure of the dual swirl combustor 

 

 
 

Figure 2 Diagnostic system by PIV system or PLIF system 

 

Figure 2 shows the experiment setup and diagnostic system. 

A digital camera (Nikon D810) and a high-speed camera 

(Phantom VEO 410L) are used to record the flame structure as 

shown in Fig.2. The PIV system include a continuous 532nm 

laser and a high-speed camera. To obtain the flow field, the MgO 

(1μm) is substituted into the combustion through the air of the 

first stage, and the high-speed camera to capture the process. 

Moreover, the post processing of the flow field can use the 

Matlab and Tecplot software. To obtain more details of the flame 

structure, a planar laser-induced fluorescence (PLIF) system is 

used to capture OH-PLIF images with a rate of 10 Hz.  

RESULTES AND DISCUSSION 
Appearance of flames 

During the all experiments, there are two typical flame 

structures that are a tubular flame and an anchored flame with 

conical observed, as followed in Fig.3. Moreover, the inner air 

flow rate seems to play an important role in determining the 

typical flame. Therefore, the two typical flame is observed the 

flow field by the PIV system in Fig.3.  

The reverse flow region on the wall of copper is verified by 

PIV system which is the position marked by the red arrow in the 

figure. Obviously, the speed of the reverse flow region of case2 

is higher than that of case1 at the Z=60mm of the copper wall, 

which is due to the influence of the first air flow rate. The first 

stage of air flow is larger and the center of copper gain the less 

heat, which is not good for the evaporation of the liquid. 

Therefore, there are many droplets at the outlet of the case2 

nozzle. There is a great difference in the downstream flow field 

of case1 and case2. The former will form a state in which the 

center moves downstream, while the latter will form two flows, 

just as elliptical frame. The two swirling flows will regularly 

appear, resulting in the instability of flow and aggravating the 

instability in the combustion process. Therefore, the only air 

flow of the case1 at the central position can be more stable. The 

tubular flame formed by case1 burns in the whole movement 

process and fully burns in the downstream part, which can 

achieve the purpose of reducing NOx emission.  

 

 
 

Figure 3 Images of ethanol flames and velocity distributions at 

the vicinity of the nozzle exit 

(case 1: QA1=5L/min, QA2=207 L/min;  

case 2: QA1=25L/min, QA2=187 L/min) 

 

PIV measurement for axial velocity 

To explore the difference between the two flames and the 

reason why case1 can burn stably, the characteristics of axial 

velocity distribution with radius are selected, as shown in Figure 

4. To more clearly identify the variation of the outer boundary of 

the flame with the increase of the axial distance, the relative 

intensity distribution of OH along the radial direction at different 

axial distances is selected, as shown in Fig. 5. Figure 6 is shown 

the typical ethanol flames of OH-PLIF. 

   In case1 from Fig.4, the trend of axial speed with radius is 

different for Z≥120mm and Z<120mm. While for case 2, for 

Z≥100mm and Z<100mm, the trend of axial speed with radius is 

different. Therefore, the axial flow field can be divided into two 

regions to discussion. The reason why the speed curve changes 

significantly is that the first stage of air flow plays an important 

role. The first stage of air flow is larger, and the axial coordinate 

is smaller when the axial speed changes significantly.  

For Z=78mm, there is a reverse flow region around the nozzle 

of case1 and case2, which also explains the reason for the 

existence of the reverse flow region in the red arrow in the PIV 

particle diagram in Figure 3. For case1, with the increase of axial 

distance, the axial velocity at around r=0 gradually increases and 

the radial distance of Vx=0 also increases, which is equivalent to 

an increase in the axial distance of the stagnation zone. These 

can be illustrated in Fig.5. In this, it can be observed that the 

curve boundary of OH expands with the increase of axial 

distance. However, for case 2, with the increase of axial distance 

for Z>100mm, the axial velocity is closer to 0 whose radius is 

smaller, which indicates that the axial distance of stagnation 

zone will be smaller. According to the distribution curve of OH 

intensity in Fig.5, it can also be seen that the position of flame 

boundary decreases with the increase of axial distance. Due to 

the larger heat released and the smaller air flow at the first stage 

for the former, the axial velocity of case1 is significantly higher 

than that of case2 only for Z=100mm and r> 5mm. 

Based on Fig.4 and Fig.5, the radial distance of the stagnation 

zone of case 1 increases with the increase of the axial distance, 

1st stage swirl 
2nd stage swirl 
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while for the case 2 is just reversed. From the Fig.6, the red line 

represents the inner boundary of the stagnation zone, and yellow 

areas are marked as the upstream reaction area of the nozzle in 

the two case. For the case1, the stagnation zone is larger with the 

increasing the axis, and the upstream reaction areas contain the 

ethanol and air, which reduce the full combustion and the more 

heat can be transferred to the central tank for the ethanol. 

However, for the case2, the stagnation area is smaller. In addition 

to a little ethanol and air, there is also fuel gas in the upstream 

reaction. Because more ethanol is burned at the nozzle outlet. 

The interaction between the flame at the nozzle and the outer 

flame causes the whole combustion to be less stable. And it is 

also found that the stagnation zone is larger with the increasing 

the axis, and the flame may be more stable. 

 

      

  
 

 
 

Figure 4 Variation of axial velocity along radius 

 

 

  
 

Figure 5 Radial distribution of axial OH intensity 

 

case1 

 

case2 

 
 

Figure 6 The typical ethanol flames of OH-PLIF 

 

PIV measurement for circumferential velocity 

To comprehensively analyse the difference of heat and mass 

transfer between the two working conditions, PIV technology is 

used to analyse the tangential velocity field. Therefore, the 

change of tangential velocity with radius can be obtained, as 

shown in Fig.7. According to the circumferential section velocity 

of Z = 78mm, the vorticity is processed by Tecplot software, and 

the vorticity cloud diagram is shown in Figure 8. 

According to Fig.7, it can be found that the trend of the 

velocity curves of the two experimental conditions is roughly the 

same, and the velocities of the two conditions are negative, 

indicating that the direction of the outer air flow determines the 

direction of the flow field in the whole combustor. The inner air 

flow of case1 mainly influences at r=11-14mm, while it 

influences at r=13-14.5mm for case2. Later, they will increase 

with the increase of radius. It can also be found from Figure 6 

that when the radius is greater than 14.5mm, the tangential 

velocity of these two working conditions will increase rapidly 

with the increase of radius. From the vorticity diagram obtained 

in Fig.7, it can be found that case1 can form a vortex core in the 

central area, and the vortices in each area are evenly distributed 

with the increase of radius. Therefore, it can be judged that the 

combustion stability can be maintained only if the mixing is 
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uniform under this working condition. Case2 will form two main 

vortices, and there is uneven velocity stratification distribution 

between the two vortices, resulting in uneven heat and mass 

transfer, so it cannot form a relatively stable flame state in the 

end. 

 

 
 

Figure 7 Variation of circumferential velocity along radius 

 

 
 

Figure 8 Contour of circumferential vorticity magnitude 

 

CONCLUSION  
In this study, PIV system and OH-PLIF system have been 

made on combustor to determine the flow field and the flame 

front position [10]. 

Results show that as in dual swirl combustor, there is an 

obvious reverse flow region on the wall of the concentric tube of 

the two cases, and an obvious different flame structures are 

observed downstream of the nozzle. The inner stage air flow is 

low, the laminar tubular flame is established, which owns 

overwhelming stability and ultralow NOx and soot emissions. 

Moreover, for the case1, the stagnation zone is larger with the 

increasing the axis, but it is contrary result for the case2. Due to 

the more fuel and air on the upper of the copper wall, the case1 

can upstream and downstream burn to form a flame. However, 

case2 can form two flame that is at the nozzle and outlet. 

Therefore, compared with the flame of the case1, the case2 is not 

easy more unstable flame under the flame of the nozzle. 

According to the radial velocities at different axial positions, it 

can be found that the velocity distribution begins to change 

significantly, when the axial distance is greater than 120mm. 

From the circumferential velocity field and vorticity field, for 

r=10-16mm, the inner air flow is larger and the influence range 

is smaller. It is easier to form a uniformly distributed vorticity 

region which is conducive to mixing to transfer heat in the centre 

when the inner air flow is smaller. Therefore, the first stage air 

flow is low for the ethanol combustion by dual swirl which can 

be more stable combustion. 
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ABSTRACT 
Nowadays, the most significant amount of fossil fuel is used 

in the electricity generation process, releasing immense amounts 

of carbon monoxide, carbon dioxide or other pollutants into the 

atmosphere. More importantly, fossil fuels will be phased out of 

our world in the not-too-distant future. Humans are researching 

new sources of clean replacement energy, like solar energy, 

which is renewable and can serve as a sustainable energy source, 

in order to save our environment while also developing our 

civilization sustainably and with less harm to living things. 

Furthermore, it will play a vital role in the future energy 

framework. Flat radial Fresnel lenses have lately been one of the 

best choices in the field of concentrated solar energy applications 

due to their advantages of small volume, lightweight, and mass 

production at low cost. This study aims to develop and construct 

a flat radial Fresnel lens collector with a sun tracking system that 

can be used in a high-temperature solar energy heating system. 

This study aims to design and build a solar concentrator from a 

large Fresnel lens (92cm x 70cm) with a 660 mm focus to 

produce thermal energy in an electricity generation system. The 

performance of a solar concentrator from a Fresnel lens depends 

on many factors such as sunbeam reflection, solar intensity, 

control with the drive mechanism, and the tracking accuracy of 

the sun moving path. This research applied a program 

Programmable Logic Controller (PLC) to track the sun moving 

and use the computer to process. Subsequently, the command 

was transferred to a stepping motor for control tracking of a 

Fresnel Len's solar concentrator, and the system's power was 

transmitted pass a worm gear speed reducer. The data was 

collected between 10:00 - 16:00. In summary, comparing solar 

concentration with generated power electric and time, this study 

found that the rising of solar concentration affects generated 

electric power, and it changes during a day. For only one large 

Fresnel lens, the minimum solar concentration is approximately 

637.60 W/m2 which produces 1.05 watts of the power electric at 

10:00. The maximum concentration is about 1223.40 W/m2 2.81 

watts of the electric power at 13:00.  

INTRODUCTION 
Solar energy is essential for advancing industrial growth and 

the economic well-being of the global population. [4, 7-8] The 

increasing depletion of fossil-fuel resources (coal, natural gas, 

oil, etc.) on a global scale has forced an urgent search for 

alternative energy sources to meet our needs in the near future 

and for future generations. Solar energy has the most potential 

among renewable energy sources [1-3,5]. This energy is the 

tremendous power that has fallen and given average energy of 

1367 W/m2 [6]. When other energy sources are in limited supply, 

solar energy could be the only option. Therefore, for the sake of 

the world's better future, it would be a fantastic idea if we could 

develop our energy rather than relying on others. 

Away and more, [9-11] they built a one and two-axis 

microprocessor-based sun-tracking device for use in PV flat 

plate solar panels or with parabolic reflectors, among other 

things. It was designed to be inclined optimum around one axis 

while controlling the azimuth angle with another. This research 

has shown that such systems may achieve high temperatures. 

The solar energy concentration technique employing Fresnel 

lenses, as studied by W.T. Xie et al. [12], is an excellent way to 

use sunlight. According to all research and development efforts, 

Fresnel lens solar concentrators will be a game-changer in 

commercial solar energy concentration application technology in 

the near future. Yabe and others [13-14], who are evaluating 

Compact Linear Fresnel Reflector (CLFR) design for large-scale 

solar thermal power systems. They had developed a solar-

pumped laser system with slope efficiencies of 7% - 9% the 

Fresnel lenses system for the solar-energy-pumped laser. A 

Fresnel lens (2 m x 2 m, f = 2000 mm) focuses solar energy 

toward the laser cavity on a two-axis sun tracker platform. 

The current researchers' study team has challenged the 

development and design of a Flat radial Fresnel lens Collector 

(FFC) with a solar tracking system to focus solar radiation 

combining at an absorbed radiation tube positioned at the flat 

radial Fresnel lens' focal point. The innovative system design 

achieved the goal of highly safe and efficient solar heating and 

heat storage. The model's applicability is determined by model 

accuracy, sun mission, regulating and driving mechanisms, and 

wind speed, all of which can be improved for future research. As 

a result, this research focuses on the design and construction of 

a solar-powered prototype flat radial Fresnel lens collector. In 

this research, the development will focus on using solar 

concentrator using Fresnel lens, which is suitable in case of 
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further system expansion in the future. In Thailand, the 

technology of producing hot water with solar panels (Solar 

Collector) is divided into two types: a system that generates 

electricity using solar energy from a solar collector (Solar 

Collector) and a design that produces electricity using hybrid 

solar energy. The research team believes that no research in 

Thailand has applied the technology of generating electricity by 

combining light to benefit. In particular, the power generation 

with Fresnel lens, which from preliminary experiments, can 

concentrate sunlight and generate a high amount of heat. 

Therefore, this paper aims to develop a Study of a Prototype 

System to create high heat energy for Electricity Generation 

from Solar Energy by using a Fresnel Len and one of the ways 

to use renewable energy to solve the current energy crisis. 

Overall, the study shows promising performance results for 

deploying locally made solar Fresnel collectors in Thailand. 

METHODOLOGY  
The basic concept of Fresnel lens. [17-18] 

The Flat Fresnel lenses are designed like a dartboard, with 

concentric rings of prisms circling a magnifying glass lens. It 

focused scattered light from the Sun into a tight beam due to all 

of these features. The flat radial Fresnel lens is a shape that can 

reflect sunlight or radiation into another object when it is incident 

parallel to the radial Fresnel lens's axis (the focus). As shown in 

Figure 1, they are used in Concentrating Solar-Thermal Power 

(CSP) and Low Concentration PV applications. 

 

 
Figure 1 The basic concept of Flat radial Fresnel lens [14]. 

The basic concept of earth-sun angles. [12-15] 

      The position of a point A on the earth’s surface concerning 

the sun’s rays is known at any instant if the latitude (l), and hour 

angle (), for the point, and the sun’s declination angle () as 

shown in those equations.  

      Equation of the angle of each hour () show as  

 

w = 15(12-st)      (1) 
 

      And “st” is local standard time compared with the solar noon, 

according to  

 

st = Standard time+E-4(Long
st
-Long

Loc
)   (2) 

 
Where Longst is longitude drag through the standard time. 

    LongLoc is longitude drag through the local time.  

 

      Equation of the Declination Angle () is an angle showing 

the angular position of the sun at solar noon. Compared with 

the equator, which is between - 23.45°≤δ≤23.45° by the show 

as 

δ = 23.45sin (360×
248+n

365
)     (3) 

 

Thermal efficiency of the flat radial Fresnel lens solar 

collector 

       Thermal efficiency of the solar collector, which influences 

the adjustment in temperature of the focusing collector is, 

consists of the heat transformation rate of fluid flow within the 

pipe is water which is   

The heat transfer (Qu) was calculated from: 

 

Q
u
 = 

mCp(To-Ti)

∆t
      (4) 

 
The heat energy (q) was calculated from equation: 

 

q = ṁCp(To-Ti)      (5) 

 
The efficiency (), it can be determined from: 

 

h = 
Qu

AaIb
       (6) 

 

The equation of Power in Heat (P) of the Fresnel lens solar 

collector is: 

 

P = 
q

t
        (7) 

 

Experimental setup. 

 The one-piece of 92 cm×70 cm with 660 mm focus length 

of flat radial Fresnel lens is used for the sunlight concentration 

to the focal point. The flat radial Fresnel lens is a device used to 

transform the energy from the sun to heat power the components 

of the collector and the flat radial Fresnel lens set, as shown in 

Figure 2-4. The testing area consists of the temperature at the 

focus point of flat radial Fresnel lens (Tf) is, the temperature at 

the top Solar Stirling Engine with Generator and ambient 

temperature (Ta) at the testing area, as shown in Figure 5. The 

positions were pointed to record the air temperature and the 

temperature at the focus point of the Fresnel lens. 

 

 

 

  
 

 

 

Figure 2 The prototype system to create heat energy for 

electricity generation from solar energy by using a Fresnel lens 

The flat radial Fresnel lens 

 

Main Structure of prototype 

Focus Point of Fresnel lens 

Thermocouple type K 

Equal 

Curvature 

 

Positive Focus of Fresnel lens 

 

Normal lens 

Flat radial 

Fresnel lens 
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Figure 3 Electricity Generation system by  

the Solar Stirling Engine 

 
 

 
 

 

 

Figure 4 The solar tracking system of experimental apparatus 

 

 
Figure 5 Schematic diagrams of experimental apparatus 

As shown in Figure 5, the experiment was tested with solar by 

setting up the flat radial Fresnel lens on the solar tracking 

apparatus, which moves to collect the solar radiation in the east-

west direction. The experiment was begun by testing a flat radial 

Fresnel lens collector moved to the starting position and 

adjusting the track of the solar every hour of 15 degrees. Data 

was collected from 10:00 to 16:00 throughout the experiment. 

The Solar Stirling Engine with a generator was applied to find 

electrical power. When the temperature increases and reach the 

heating value point set, the Solar Stirling Engine will start to 

rotate the generator. The flat radial Fresnel lens concentrates the 

sun's rays into its focus in order to drive the Solar Stirling Engine 

which connects to a 10-watt generator with a maximum output 

voltage of 24 V and an output current of 500 mA (12/24V DC 

mini magnetic generator motor, stage bright 10-watt small DC 

motor). The power electricity was measured by a power meter 

every 1 minute. The two type K thermocouples (Figure 2) were 

used for measuring the temperatures at a focus point of a flat 

radial Fresnel lens and ambient temperature and recorded by a 

data logger acquisition. The solar radiation was gauged by solar 

power meter models tes-1333R every minute in units of W/m2. 

Finally, these results were plotted to find the relationships. 

 

RESULTS AND DISCUSSION 
Solar radiation  

This experiment was conducted in March by collecting data 

every three minutes for an average time of one hour from 10:00 

- 16:00 for six hours. The solar radiation is shown in Figure 6. It 

results in any day with a clear sky and sunny throughout the day.  

 

 
Figure 6 Variation of solar radiation with time 

 
As shown, Figure 6 illustrates the comparison between solar 

radiation with time. The intensity of radiation was raised from 

10:00 - 16:00, and the solar radiation reached a peak between 

13:00 - 15:00; solar radiation levels were dwindling during the 

period from 15:00 - 16:00, and the average solar radiation value 

is 934.12 W/m2.   
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Temperature 

  

 
Figure 7 Variation of solar radiation, temperature with time 

 

Figure 7 illustrates the comparison of solar radiation and 

temperature trends in different times. The trends are similar 

during a day and the temperatures reach a peak between 11:30 

and 14:30 and the average solar radiation is 934.12 W/m2 and the 

average focus temperature is 184.93 °C. This system can 

generate the maximum temperature is 246.98 °C at 11.30 while 

the average ambient temperature is 28.82 °C. This focus 

temperature can drive the Solar Stirling Engine.  

 

Heat energy and efficiency 

The temperature produced from the system can drive the 

Solar Stirling Engine in order to rotate the generator. Then 

electricity power was generated and measured by a power meter 

during the test. Subsequently, these results were plotted 

relationships of solar radiation and power with time, as shown in 

Figures 8 and 9. 
. 

 
Figure 8 Variation of Power, solar radiation with time 
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Figure 9 Contour of Power, solar radiation with time 

 

It was found that the solar intensity and the value of the 

electricity produced will change with time and the value of the 

solar radiation intensity. The result demonstrates the solar 

radiation intensity with the power produced and the time, as 

shown in Figure 8 and the contour chart in Figure 9. From the 

experiment results, at the start of the experiment, at 10:00, the 

minimum solar radiation intensity was 637.60 W/m2 which 

produced electric power of 1.05 watts. At 13:00, the maximum 

solar radiation intensity was 1223.40 W/m2, and the power 

produced was 2.81 watts, indicating that the power made 

changes with the intensity of the light. As a result, the electricity 

power direct variation with solar radiation significantly. 

CONCLUSION  
This paper shows the design and building of a prototype for 

generating electrical power using the flat radial Fresnel lens with 

a focal length of 660 mm and an area of 92 cm x 70 cm for heat-

generating. Moreover, the Solar Stirling Engine was applied to 

produce electrical power as a feasibility study. The experimental 

results found that the solar radiation affected the temperature at 

a focus point of the Fresnel lens and was direct proportionally to 

the solar radiation. Solar radiation is increasing and providing 

the most temperature. The data were collected between 10:00 

and 16:00, operating time at the average atmospheric 

temperature of 28.82 °C. The average solar radiation is 934.12 

W/m2, and the average focus temperature is 184.93 °C. This 

system can generate a maximum temperature is 246.98 °C at 

11:30. The electricity power experiment results show that the 

average electricity generated during the test is 2.03 Watts while 

the minimum power is 1.05 Watts at 10:00 with solar radiation 

637.60 W/m2. Furthermore, the maximum power is 2.81 Watts 

at 13:00 with solar radiation of 1223.40 W/m2. As a result, the 

electricity power significantly direct changes with solar radiation 

and the performance of a solar concentrator is constrained by 

various parameters, including sunbeam reflection, solar 

intensity, controller, mechanism, and the tracking precision of 

the sun's moving path. In other words, it was collecting direct 
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solar energy with a flat radial Fresnel lens and converting it to 

thermal energy. The system can be applied directly for various 

solar heat systems, water heating, electricity generation with 

solar collectors, and vapour production. However, the final 

power output is too low for application in the Stirling engine 

system, and the scaling up for this process should be re-

considered with various factors. 
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NOMENCLATURE 
 

Aa [m2] Component area 

Cp [kJ/kgK] specific heat capacity of steel 

E [hr] Equation of time 
F [m] Focus of Fresnel lens  

G [W/m2] Solar radiation 

st [-] Local standard time 
Ib [W/m2] Beam solar radiation  

l [-] The latitudes on the Earth  
m [kg] Steel mass 

ṁ [kg/s] Mass flow rate 

n [day] The year's day  

P [Watt] Power in heat 

Qu [Watt] Heat transfer rate 
q [J] The heat energy 

T [°C] Temperature 

t [s] Time 
 

Special characters 

 [°] Hour angle 

 [°] The sun’s declination angle  

 [-] Overall collector efficiency 

 

Subscripts 

st  Longitude drags through the standard time 
Loc  Longitude drags through the local time 

1-5  Position temperature 

i  Inlet fluid temperature 
o  Outlet fluid temperature 

a  Ambient temperature 

f  Focus point of flat radial Fresnel lens temperature 
 

Abbreviations 

CSP  Concentrating solar-thermal power 
CLFR  Compact Linear Fresnel Reflector 

FFC  Flat radial Fresnel lens Collector  

PLC  Programmable Logic Controller 
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ABSTRACT 
The coalescence of droplets containing particles in viscous 

flow through a circular tube in Stokes regime was experimentally 
examined. The coalescence time of two droplets and the diameter 
of the clearance area between the droplets were measured. The 
experimentally measured coalescence times were compared with 
those determined by semi-theoretical formulas. The effect of 
droplets containing particles on coalescence times was discussed. 
The effect of the Reynolds number of the viscous flow through 
a circular tube on the coalescence of the droplets containing 
particles was also investigated. 

INTRODUCTION 
Coalescence of droplets in viscous flow through a circular 

tube is the basis for analyzing the flow of multiphase fluids 
through porous media such as for example in enhanced oil 
recovery (for instance, [1],[2] ) and breaking of emulsions in 
porous coalescers. We focus on a narrow passage in porous 
media, and if we assume the passage as a circular tube, 
coalescence of droplets in viscous flow through the passage 
results in that through a circular tube. Muraoka et al. [3] found 
out that coalescence time of droplets containing suspended 
particles was obviously shorter than that without particle in 
viscous flow through a circular tube. The coalescence time is 
defined as the period between the instant when the relative 
velocity of the two droplets becomes zero after their apparent 
contact and when the coalescence takes place. Based on Aul and 
Olbricht’s semi-theoretical formula [4], Muraoka et al. [3] 
proposed other semi-theoretical formulas of the coalescence time 
in terms of the resistance experienced by the liquid droplet in 
viscous flow through a circular tube in Stokes regime [5].  

The coalescence time of the two droplets containing 
suspended particles with 30㎛ in diameter was measured, as well 
as the diameter of the clearance area between them just before 
coalescence. The   Reynolds number of the tube flow were varied 
to investigate their effects on the film drainage and coalescence 
of the droplets containing suspended particles. The cases where 
only the leading droplets contained particles, the cases where 
only the following droplets contained particles and the cases 
where both droplets contained particles were investigated, and 
those results were compared with the cases where both droplets 

did not contain particles [6]. Further, the cases where both 
droplets contained particles were compared with the cases where 
both droplets contained particles with 15 ㎛ in diameter[7].   
Experimentally measured coalescence time was also compared 
with the predictions of semi-theoretical formulas.  

NOMENCLATURE 

A1 [J] Hamaker constant 
A2 [J] Hamaker constant 
A3 [J] Hamaker constant 
d [m] Undeformed diameter of droplets 
D [m] Inner diameter of  test tube 
F [N] Total force compressing clearance area between

droplets
Fh [N] Hydrodynamic force compressing clearance area

between droplets
h [m] Clearance thickness 
R [m] Radius of clearance area between droplets 
Re [-] Reynolds number of multiphase flow 
T [t] Coalescence time 
V [m/s] Average velocity of  multiphase flow 

Special characters 
β [-] Viscosity ratio, μd/μs
μ [Pa･s] Viscosity 

Subscripts 
1 Leading droplet 
2 Following droplet 
d Droplet 
s Surrounding fluid 

EXPERIMENT 
Figure 1 is a schematic of the experimental setup. A glass 

tube of inner diameter 2.0 mm, outer diameter 7.0 mm, and 
length 1500 mm was used as the test tube. Silicone oil with a 
kinematic viscosity of 3000cSt was employed as the test fluid 
of the droplet. With regard to two droplets, both droplets, only 
the leading droplets and only the following droplets contained 
gold-coated acrylic particles. The employed particles  were 30
㎛ in diameter, 1490kg/m3 in density, the volumetric 
concentration of particles in the droplets was 0.4%. A mixture 
of glycerol and pure water was used as the surrounding fluid of 
the creeping flow through a tube. The density of the droplets 
was made equal to that of the surrounding fluid by the addition 
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of carbon tetrachloride. In the present experiments, the 
densities of the droplet and the surrounding fluid were both 
1.24×103 kg/m3, and μs  was 0.24 Pa·s, β ≈ 1.0. A large 
volumetric syringe pump was used to maintain steady flow 
through the tube at a designated average velocity. The test tube 
was immersed in temperature-controlled water contained in a  

   

 
 
      Figure 1   Experimental setup. 

 

 
 
Figure 2   Two droplets just before coalescence. Leading 

droplet contains particles. d1/D＝0.9, d2/D=0.52, Re=0.01. 
                   

tank to maintain constant temperature of the system. The 
droplets were injected into the test tube by micro-syringes 
placed in front of the inlet of the test tube. The behaviors of the 
droplets were monitored by a digital video camera and two 
high-speed cameras placed on a sliding stage. The motion of 
the stage on which the cameras were mounted was electrically 
controlled to follow the movement of the droplets through the 
test tube. Figure 2 shows an example of an image of two 
droplets just before coalescence. The droplets were colored to 
the extent that the physical characteristics of the droplets do not 
change. Only the leading droplet contained particles. The 
experimental conditions ware d1/D ＝ 0.9, d2/D=0.52 and 
Re=0.01. The coalescence time of the two droplets containing 
particles was measured, as well as the diameter of the clearance 
area between them just before coalescence. The Reynolds 
number of the tube flow were varied to investigate its effect on 
the coalescence of the droplets. 

TRENDS AND RESULTS  
Figures 3~6 show dimensionless coalescence time and 

dimensionless clearance diameter between droplets as functions 

of the dimensionless undeformed diameter of the following 
droplet for Re=0.01. Each plotted experimental value is the 
average for about 10 to 15 experiments. The green lines represent   
clearance diameter. The blue lines represent experimentally 
measured coalescence time. The red lines represent semi-
theoretical formulas of coalescence time. Figure 3 shows 
coalescence time and clearance diameter when both droplets did 
not contain particles [6]. Figure 4 shows dimensionless 
coalescence time when both droplets contained particles. The 
coalescence time when both droplets contained particles were 
obviously shorter than when both droplets did not contain 
particles. Effect of van der Waals forces between droplet and 
particles are the possible reason behind this. The experimentally 
measured coalescence time when both droplets contained 
particles agreed roughly with the values predicted by semi-
theoretical formulas. The trend was the same regarding the 
clearance diameter. It seems that the effect of the clearance 
radius in the formulas is greater than that of the hydrodynamic 
force due to the fact that the power of the clearance radius is 
much higher than that of the hydrodynamic force. (See 
APPENDIX Eqs.(7),(8),(11)and(12)). Figure 5 shows 
dimensionless coalescence time when only the leading droplets 
contained particles. Figure 6 shows dimensionless coalescence 

 
Figure 3   Dimensionless coalescence time and dimensionless 
clearance diameter as functions of the dimensionless 
undeformed diameter of the following droplet for Re=0.01. 

 
Figure 4   Dimensionless coalescence time and dimensionless 
clearance diameter as functions of the dimensionless 
undeformed diameter of the following droplet for Re=0.01. 
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Figure 5   Dimensionless coalescence time and dimensionless 
clearance diameter as functions of the dimensionless 
undeformed diameter of the following droplet for Re=0.01. 

 
Figure 6   Dimensionless coalescence time and dimensionless 
clearance diameter as functions of the dimensionless 
undeformed diameter of the following droplet for Re=0.01. 
 
time when only the following droplets contained particles. The 
coalescence times when only the leading droplets and only the 
following droplets contained particles were obviously shorter 
than when both droplets did not contain particles. While on the 
other hand, the coalescence time when only the following 
droplets contained particles was not so short compared to when 
both droplets contained particles and only the leading droplets 
contained particles. The particles contained only in the leading 
droplets have a significant impact on coalescence time compared 
to that only in the following droplets. The reason comes from 
effect of Van der Waals force between the following droplets and 
particles in the leading droplets due to accumulation of particles 
at the rear of the leading droplets by internal flow.  On the other 
hand, in the case of the following droplets, the particles did not 
accumulate at the front of the droplets. The experimentally 
measured coalescence time when only the following droplets 
contained particles did not match with the values predicted by 
semi-theoretical formulas very well. 

Figures 7~10 show dimensionless coalescence time and 
dimensionless clearance diameter between droplets as functions 
of the dimensionless undeformed diameter of the following 
droplet for Re=0.08. Each plotted experimental value is the 
average for about 10 to 15 experiments. Figure 7 shows 
coalescence time and clearance diameter when both droplets did 
not contain particles [6]. Figure 8 shows dimensionless 
coalescence time when both droplets contained particles. Figure 
9 shows dimensionless coalescence time when only the leading 
droplets contained particles. Figure 10 shows dimensionless 
coalescence time when only the following droplets contained 
particles. As in the case of Re=0.01, the coalescence times when 
both droplets contained particles and when only the leading 
droplets contained particles were obviously shorter than when 
both droplets did not contain particles. The values predicted by 
semi-theoretical formulas deviate from the experimentally 
measured coalescence times with increasing Re. It is considered 
that the effect of the rotation of the following droplets is not 
taken into account in the semi-theoretical formulas. When the 
following droplet was small, the following droplet was moved to 
an eccentricity position because of the effect of secondary flow 

 

 
Figure 7   Dimensionless coalescence time and dimensionless 
clearance diameter as functions of the dimensionless 
undeformed diameter of the following droplet for Re=0.08. 

 
Figure 8   Dimensionless coalescence time and dimensionless 
clearance diameter as functions of the dimensionless 
undeformed diameter of the following droplet for Re=0.08. 
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Figure 9   Dimensionless coalescence time and dimensionless 
clearance diameter as functions of the dimensionless 
undeformed diameter of the following droplet for Re=0.08. 
 

 
 

Figure 10   Dimensionless coalescence time and dimensionless 
clearance diameter as functions of the dimensionless 
undeformed diameter of the following droplet for Re=0.08. 
 
produced by the presence of the leading droplet, and it was 
rotated by the secondary flow. It was observed that the 
rotatingspeed of the following droplet increased with increasing 
Re, and it also appeared that the coalescence time was longer 
compared to that when the following droplet was large and 
located on thetube axis. This is because the surrounding fluid 
was transported into the clearance area between the droplets by 
the rotation of thefollowing droplets. When the following droplet 
was large and located on the tube axis, it did not rotate. 
Comparing Figures 4 and 8 with Figures 11 and 12 
[7],Coalescence time with particle 30 ㎛ is not very different 
from that with particle 15㎛, though number density of particle 
30㎛ is approximately 12% of that of particle 15㎛.It seems that 
particle size affects coalescence time of droplets with particle.  
 

 
 

 
Figure 11   Dimensionless coalescence time and dimensionless 
clearance diameter as functions of the dimensionless 
undeformed diameter of the following droplet for Re=0.01. 
 

 
Figure 12   Dimensionless coalescence time and dimensionless 
clearance diameter as functions of the dimensionless 
undeformed diameter of the following droplet for Re=0.08. 

CONCLUSION  
The coalescence of droplets when both droplets, only the 

leading droplets and only the following droplets contained 
particles in viscous flow through a circular tube in Stokes regime 
was examined, as well as the effect of the Reynolds number of 
the tube flow on the coalescence. The coalescence times when 
both droplets and only the leading droplets contained particles 
were obviously shorter than when both droplets did not contain 
particles. The coalescence time when only the following droplets 
contained particles was not so short compared to when both 
droplets contained particles and only the leading droplets 
contained particles. The experimentally measured coalescence 
time when both droplets with particle agreed roughly with the 
values predicted by semi-theoretical formulas. The values 
predicted by semi-theoretical formulas deviate from the 
experimentally measured coalescence times with increasing Re. 
The reason is because the effect of the rotation of the following 
droplet is not taken into account in the semi-theoretical formulas.  

0

0.1

0.2

0.3

0.4

0.5

0
50

100
150
200
250
300
350

0.5 0.6 0.7 0.8 0.9

2R
/D

TV
/D

d2/D

leading droplet with 
particle(30μm 0.4%)

d1/D=0.9
Re=0.08

2R/D

TV/D

0

0.1

0.2

0.3

0.4

0.5

0
50

100
150
200
250
300
350

0.5 0.6 0.7 0.8 0.9

2R
/D

TV
/D

d2/D

d1/D=0.9
Re=0.08

2R/D

TV/D

following droplet with 
particle(30μm 0.4%)

0

0.1

0.2

0.3

0.4

0.5

0

50

100

150

200

250

300

350

0.5 0.6 0.7 0.8 0.9

with particle  15μｍ 0.4％

d1/D=0.9 
Re=0.01

TV
/D

2R
/D

d2/D

2R/D

TV/D

0

0.1

0.2

0.3

0.4

0.5

0

50

100

150

200

250

300

350

0.5 0.6 0.7 0.8 0.9

with particle  15μｍ 0.4％

d1/D=0.9
Re=0.08

TV
/D

2R
/D

d2/D

2R/D

TV/D

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 486 of 1061



  
  

REFERENCES 
 
[1] Sheng, J.J., Enhanced Oil Recovery  Field Case Studies. 

ELSEVIER, 2013.   
[2] Sheng, J.J., Modern Chemical Enhanced Oil Recovery. 

ELSEVIER, 2011. 
[3] Muraoka, M. Kamiyama,T., Wada,T., Ueno, I., and 

Mizoguchi H., Coalescence Phenomena of Droplets with 
Suspended Particles in a Tube Creeping Flow. Proceedings 
of the 8th World Conference on Experimental Heat Transfer, 
Fluid Mechanics and Thermodynamics, 2013, Paper No. 96.  

[4] Aul, R.W. and Olbricht, W.L., Coalescence of Freely 
Suspended Liquid Droplets in Flow through a Small Pore. 
Journal of Colloid and Interface Science., 145, No. 2, 1991, 
pp.478–492. 

[5] Higdon, J.J.L. and Muldowney, G.P., Resistance Function for 
Spherical Particles, Droplets and Bubbles in Cylindrical 
Tubes. Journal of Fluid Mechanics, 298, 1995, pp.193–210. 

[6] Muraoka, M., Kumagai, Y., Yatagawa, Y., Ueno I., EFFECT 
OF REYNOLDS NUMBER ON COALESCENCE OF 
DROPLETS IN CREEPING FLOW THROUGH A TUBE, 
Proceedings of the ASME-JSME-KSME Joint Fluids 
Engineering Conference, 2015, AJK2015-15106. 

[7]Muraoka,M., Tanai,K. and Sakurai, H., COALESCENCE OF 
DROPLETS CONTAINING PARTICLES CREEPING 
FLOW CONFINED IN A CIRCULAR TUBE, Proceedings of 
15th International Conference on Heat Transfer, Fluid 
Mechanics and Thermodynamics, 2021,pp.456-461. 

[8] Reynolds, O., On the Theory of Lubrication and its 
Application to Mr. Beauchamp Tower’s Experiments 
including an Experimental Determination of the Viscosity of 
Olive Oil. Phil. Trans. R. Soc. Lond., 177,1886, pp. 157-234. 

[9] Felderhof, B.U., Virtual mass and drag in two-phase flow, 
Journal of Fluid Mechanics, 225,1991, pp.177-196. 

APPENDIX 
Semi-theoretical formulas of coalescence time of 
droplets  
 

Based on the semi-theoretical formula of Aul and Olbricht 
[4], other semi-theoretical formulas of the coalescence time 
have been proposed [3]. As shown in Figure 13, it is assumed 
that the clearance area between the leading droplet and the 
following droplet is flat and discoid. Equation (1) was derived 
by Reynolds [8] with the assumption of two parallel plane 
surfaces approaching each other.  

                                                                                                                                                               
                                                                                                                             
                                                                   (1) 

 
                                                         

         (2)        
 

                                                                                                                                     
where F is the total force compressing the clearance area between 
the droplets, and A1 is the Hamaker constant. The total force F is 
expressed as the sum of the hydrodynamic force Fh and the van 
der Waals force between the droplets (Eq. (2)). In this case, the 
hydrodynamic force is the force that decelerates the following 
droplet until the relative velocity of  the two droplets becomes 0 
after their apparent contact. The hydrodynamic force can be 
expressed as F1 - F2, where F1 is the hydrodynamic force acting 
on the following droplet when the velocity of the following 
droplet equals that of a single droplet, and F2 is the 
hydrodynamic force acting on the following droplet when the  

 

 
 
Figure 13 Radius of Clearance area between droplets, and  
clearance thickness. 

 
relative velocity of the two droplets becomes 0 after their 
apparent contact. Here, since the acceleration of the droplet was 
small, the virtual mass term [9] was very small compared to the 
hydrodynamic force and was not considered. In the present 
experiments, it was confirmed that the leading droplets became 
steady before and after the apparent contact. Aul and Olbricht 
studied the coalescence of droplets using a glass tube of inner 
diameter 54 µm and length 25 mm, and proposed a semi-
theoretical formula of the coalescence time of droplets in 
creeping flow through a tube. They obtained the hydrodynamic 
force as the force acting on a single rigid sphere after 
experimental confirmation that the velocity of the droplet was 
almost the same as that of a rigid sphere. In the present study, F1 
and F2 were determined using the numerical procedure 
developed by Higdon and Muldowney [5], who expressed the 
hydrodynamic force acting on a single droplet in creeping flow 
through a tube as 
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Here, F0 is the hydrodynamic force acting on a single droplet in 
creeping flow through a tube, Kz and Kp are the resistance 
coefficient respectively, Uz is the velocity of the single droplet, 
and U0 is the maximum velocity of the parabolic pressure-driven 
flow. Kz and Kp include the center-to-center distances between 
the droplets and the tube axis. Substituting Eq. (3) for F1 and F2, 
the hydrodynamic force Fh can be expressed as Eq. (5).  
 
 
 
 
 
 
 

                                                                                                    
 (5) 

 
where Uz1 is the velocity of a single droplet with the diameter of 
the following droplet, Uz2 is the velocity of the following droplet 
when the relative velocity of the two droplets becomes 0 after 
their apparent contact. If the following droplet is located at an 
eccentric position, Fh would be as expressed by Eq. (6). 
 
 
 
 

                  (without eccentricity) 
 
  
                                                                                                                                                                                         

(with eccentricity)                                                                                                                                                   
                                                                          (6) 
 

 
 

Figure 14  Illustration of  Fhʹ. 
 
As shown in Figure 14, the hydrodynamic force in this case can 
be denoted by Fhʹ, which is equal to Fhcosθ. θ is defined as the 
angle between the tube axis and the line joining the centers of the 
leading and following droplets. The coalescence time T can be 
calculated by integrating the numerator and denominator of the 
left-hand side of Eq. (1) using the method employed by Aul and 
Olbricht. Without going into the details of the integration process, 
the coalescence time T can thus be expressed as Eqs. (7) and (8).  
 
 
                                                                                                                                                                                        

(without eccentricity)         (7)  
 

                                                                                 
 

(with eccentricity )         (8) 
 
                                                                                                                           

For simplicity, it is assumed that C is constant in  Eqs. (7) and 
(8), and its value can be determined by experiment. The 
coalescence time of the droplets when both droplets contain 
particles becomes shorter than that without particle. Effect of 
vander Waals forces between particles and between droplet and 
particles are the possible reason behind this. Therefore, in the 
case of coalescence of droplets when both droplets contain 
particles, the total force F can be expressed as the sum of 
hydrodynamic force and van der Waals forces between droplets, 
between particles and between droplets and particles (Eq.(9)).  
 

𝑭𝑭 = 𝑭𝑭𝒉𝒉 + 𝝅𝝅𝑹𝑹𝟐𝟐 𝑨𝑨𝟏𝟏
𝟔𝟔𝝅𝝅𝒉𝒉𝟑𝟑

+ 𝒏𝒏𝒏𝒏𝑨𝑨𝟐𝟐
𝟏𝟏𝟐𝟐𝒉𝒉𝟐𝟐

+ 𝒏𝒏𝒏𝒏𝑨𝑨𝟑𝟑
𝟑𝟑𝒉𝒉𝟐𝟐

           (9) 
                                             

where A2 and A3 are Hamaker constants respectively, a is radius 
of particle and n is number of particles in the vicinity of clearance 
area. With regard to coalescence of droplets when only the 
leading droplets and only the following droplets contain particles,  
the total force F can be expressed as the sum of hydrodynamic 
force and van der Waals forces between droplets, between 
droplet and particles((Eq.(10)). 
 

𝑭𝑭 = 𝑭𝑭𝒉𝒉 + 𝝅𝝅𝑹𝑹𝟐𝟐 𝑨𝑨𝟏𝟏
𝟔𝟔𝝅𝝅𝒉𝒉𝟑𝟑

+ 𝒏𝒏𝒏𝒏𝑨𝑨𝟑𝟑
𝟔𝟔𝒉𝒉𝟐𝟐

                       (10) 
 
As well as formulas when both droplets do not contain particles, 
semi-theoretical formulas of coalescence time when both 
droplets, only the leading droplets and only the following 
droplets contain particles can be obtained by integrating Eq. (1), 
the coalescence time T can be expressed as Eqs.(11) and (12). 
Comparing the coalescence time without particle ( Eqs.(7) and 
(8) ) with the coalescence time with particle  ( Eqs.(11) and (12) ), 
only power of clearance radius with particle is different from that 
without particle. 
                                                                                                                                                                       
          (without eccentricity)           (11)                               

               
 
                                    
 

  (with eccentricity)            (12)       
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ABSTRACT 
This paper studies the effect of adding vortex generator 

(VG) at the upstream position of film-holes on a flat-plate 

simulated turbine blade surface. They are placed at three 

different positions (0.0m, 0.005m, 0.015m away from film-

holes) to investigate the film cooling enhancement. Prism-

shaped VG (height: 0.005m, 0.0075m, 0.01m) and prism-shaped 

VG with inclined top surface (inclined angle: 10°, 20°, 40°) are 

the configurations that being carried out, at a blowing ratio of 

M=0.5. The temperature distribution is the main focus is to find 

out the film-cooling effectiveness by using the commercial 

StarCCM+ CFD code. The computations of turbulent flow past 

the stationary blade of gas turbine engines will be modelled using 

the Reynolds-averaged Navier-Stokes (RANS) equations with 

sst k-w turbulence model. Several contour diagrams and data 

plots extracted from the simulation are being used to evaluate the 

performance of RANS approach for the prediction of the jet-in 

crossflow (JICF) interaction. The mainstream air and film 

coolant interaction along the streamwise direction demonstrate 

how this film-cooling enhancement is worked out effectively. 

The simulation result shows that mounting the VG at a higher 

upstream position (further distance away from the film-holes) 

gives a better film-cooling performance (wider and longer 

coverage area) and higher film-cooling effectiveness value can 

be achieved. Top surface inclined prism VG performs generally 

better than prism VG. VG mounting at a further distance 

downstream of film-hole is giving a better film-cooling 

performance. 

INTRODUCTION 
In film cooling, coolant air is injected through discrete 

holes drilled at several locations on the blade exterior surface. 

The performance of the film-cooling is determined by many 

critical flow and geometric parameters such as the mainstream 

Reynolds number, blowing ratio, coolant-to-mainstream density 

ratio, injection angle, rotating speed, turbulence intensity, 

surface curvature, the shape, size and location of the film hole 

and so on. Several studies [1-3] have been carried out over the 

past few decades on the field of a jet in a cross-flow (JICF). 

Initially, various researches on the cylindrical film-cooling hole 

have been performed to investigate effects of length and 

diameter of film holes, blowing ratio, injection angle on film-

cooling performance. It was found that the interaction between 

the coolant jet and mainstream flow results in the formation of 

highly complex counter-rotating vortex pairs (CRVPs) near the 

wall surface, and the mixing process is controlled by the 

dynamics of these vortices. These vortices are detrimental to film 

cooling and known as the main contributor to the dramatic 

decrease in the film-cooling effectiveness. Cylindrical film-

cooling hole is undoubtedly the simplest and the most 

economical way of cooling a gas turbine blade but the 

improvement of the film-cooling performance is limited with 

blowing ratio beyond the 0.5-1.0 range, which makes it the main 

disadvantage of the cylindrical holes. Therefore, new film-

cooling hole shapes have been studied and designed to satisfy 

both easy manufacturing and high film-cooling performance. 

One of those techniques is the anti-vortex concept. It aims to 

reduce the effect of the CRVPs using a much simpler approach. 

In the anti-vortex concept, a pair of additional branched coolant 

jet injection holes branching out from the main cylindrical holes 

in such a way that the secondary injection destroys the kidney 

vortices. Besides, the vortex generator (VG) is a flow-control 

device placed on upstream or downstream of the film cooling 

holes, to generate streamwise vortices by the protrusion so that 

CRVP can be controlled, suppressing the effect of CRVP by 

downwash being induced and reduce the amount of coolant 

being lifted off. It is proved that it has the ability to improve film 

cooling performance by acting as a micro-ramp to vary the flow 
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direction. Neil et al. [4], a change of the surface geometry is 

developed around the cooling hole. The VG design could 

produce ACRVPs downstream as well to achieve a better cooling 

performance. Vortex generator can also be mounted beyond the 

film-cooling hole which is the downstream position. Khorsi et al. 

[5] has predicted the improvement of film-cooling performance 

by placing a crescent-shaped (moon-shaped) block as a flow 

controlling device at the downstream of a cylindrical hole at 

different blowing ratios. It was clear that the film-cooling 

effectiveness in the intermediate region of the hole with the 

device is significantly higher than that in the case without the 

device. The presence of downstream vortex generator spreads 

the coolant from the cylindrical hole in lateral direction while it 

was passing over the top of the device. David et al. [6] has 

demonstrated to set up a single delta vortex generator placed 

downstream of a 30-degree angled cylindrical film-cooling hole. 

It was noticed that the flow near the plate was pulled between the 

vortices while coolant between vortex pair was forced up away 

from the wall. With an increase in blowing ratio, the vortex was 

pushed further away from the plate causing a little interaction 

between coolant and the plate surface. Zaman et al.[7] and Aaron 

et al. [8] have done studies also with a delta vortex generator. It 

was found that there was a low temperature region at the leading-

edge of the jet which was caused by a horseshoe vortex that 

entrained coolant and redistributed it along the wall. The location 

of the vortex generator (VG) can cause a big influence on the 

film-cooling performance. For placing an upstream VG, the 

film-cooling performance improves with an increasing upstream 

distance. The film-cooling performance improves first then 

impairs with increasing VG gaps. When considering upstream 

distance on film-cooling performance, the influence of twisted 

flow which is opposite rotation of CRVP decrease with an 

increase in upstream distance away from the VG. The increase 

of VG distance causes the coolant to be less uniform in spanwise 

direction, leading to an attenuated film. For placing an uptream 

vortex generator, the study of Zaman et al. [9] shows that the 

effect of heights and locations both have an effect on film-

cooling performance. The increase in height of VG causes the jet 

core to dissipate gradually because of the larger turbulence 

intensity. Placing it over a distance of three diameters from the 

film-cooling hole would show the least lift-off impact. 

Moreover, according to studies from Daren et al. [10], when the 

influence of gap between a double VG is considered, the 

intensity of twisted flow which is in opposite rotation of CRVP 

goes up then goes down with an increase gap distance. Reducing 

the distance between VGs increase the intensity of the vortices 

but the gap must be optimal in order to ensure recovery of the 

surface of the wall while avoiding the coalescence of vortices 

with a smaller distance.  In terms of the shape of vortex generator 

(VR), according to Zheng et al. [11], comparison between 

rectangular shape, triangular shape, parallelogram shape, and 

trapezoid shape double VG have been made. The result shows 

that parallelogram-shaped VG has the highest total pressure loss 

coefficient. In the bottom corner of a parallelogram-shaped VG, 

a few vorticity pairs were observed which increased the total 

pressure loss. However, they performed the best film-cooling 

performance among different shapes despite their high-pressure 

loss penalty. To compensate between film-cooling effectiveness 

and press loss, triangular-shaped VG would be a choice to obtain 

a balance.  

NOMENCLATURE 
 

M [-] Blowing ratio 

P [N.m-2] Pressure 

T [K] Local temperature 

𝜌 [kg /m3] Fluid density  

𝜇 [N·s/m2] Dynamic viscosity  

𝜇𝑡 [N·s/m2] Turbulent viscosity  

VG [-] Vortex generator  
x [m] Cartesian axis direction  

y [m] Cartesian axis direction  

z [m] Cartesian axis direction  
 

Special characters 

𝜂 [-] Film cooling effectiveness  

 

Subscripts 

C  Coolant  

∞  Free stream  

MATHEMATICAL FORMULATION 

In the present study, the fluid is assumed as Newtonian 

fluid, and the flow is considered to be turbulent, steady, 

incompressible, and three-dimensional. Based on these 

assumptions, the governing and transport equations are [12]: 
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 To find the turbulent eddy viscosity (𝜇𝑡), the Menter k–

𝜔 SST turbulence model was employed in the present study as 

follows [12]: 

           
𝜕

𝜕𝑥𝑖

(𝜌𝑘𝑢𝑖) =
𝜕

𝜕𝑥𝑖

[(𝜇 +
𝜇𝑡

𝜎𝑘

)
𝜕𝑘

𝜕𝑥𝑖

] + 2𝜇𝑡𝛿𝑖𝑗. 𝛿𝑖𝑗

−
2

3
𝜌𝑘

𝜕𝑢𝑖

𝜕𝑥𝑗

𝛿𝑖𝑗

− 𝛽1𝜌𝑘𝜔                                                           (4) 

  
𝜕

𝜕𝑥𝑖

(𝜌𝜔𝑢𝑖) =
𝜕

𝜕𝑥𝑖

[(𝜇 +
𝜇𝑡

𝜎𝜔1

)
𝜕𝜔

𝜕𝑥𝑖

]

+ 𝛾 (2𝜌𝛿𝑖𝑗. 𝛿𝑖𝑗 −
2

3
𝜌𝜔

𝜕𝑢𝑖

𝜕𝑥𝑗

𝛿𝑖𝑗) − 𝛽2𝜌𝜔2

+ 2
𝜌

𝜎𝜔2𝜔

𝜕𝑘

𝜕𝑥𝑘

𝜕𝜔

𝜕𝑥𝑘

                                    (5) 
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where 𝑆𝜙𝑖  is the source term of the momentum equation, 𝑃𝑘 =

2𝜇𝑡𝛿𝑖𝑗. 𝛿𝑖𝑗 −
2

3
𝜌𝑘

𝜕𝑢𝑖

𝜕𝑥𝑗
𝛿𝑖𝑗   is the rate of production of turbulent 

kinetic energy,  and 𝛿𝑖𝑗 =
1

2
(

𝜕𝑢𝑖

𝜕𝑥𝑗
+

𝜕𝑢𝑗

𝜕𝑥𝑖
).  

        The turbulent eddy viscosity is defined as: 𝜇𝑡 = 𝜌𝑘 𝜔⁄  

        The values of the empirical constants and turbulent Prandtl 

number in equations 1-5 are defined as: 

𝜎𝑘 = 1.0, 𝜎𝜔1 = 2.0, 𝜎𝜔2 = 1.17, 𝛾 = 0.44, 𝛽1 = 0.09, 𝛽2 =
0.083, 𝑃𝑟𝑡 = 0.9 

PHYSICAL MODEL 

This simulation is validated based on Chao et al. [13] 

experimental setup. It is a flat plate modelling simulation that 

represent a turbine blade in an aircraft engine. The 3D-CAD 

model is drawn by StarCCM+ code. There are a total of 3 bodies; 

the mainstream cuboid with two revolved cut vortex generator 

and inlet coolant pipes x2. The mainstream flow is demonstrated 

by a cuboid as shown in figure 1. It has a dimension of 0.06 m 

(W) x 0.03 m (H) x 0.25 m (L). Two cylindrical pipes are 

extruded from the middle bottom to demonstrate coolant 

injection. They have a diameter (D) of 0.005m and extruded at a 

length of 0.1m. The pipes and the cuboid formed an inclined 

angle of 30 degrees. The pipes are connected with the cuboid by 

creating an interface at the intersection circle. This allows the 

coolant to be injected into the mainstream. The global origin 

(0,0,0) is set at the centre of the cuboid. Mainstream flow at 

positive X-direction while coolant is joining them from the film-

holes.    

 

 

 

 

 

Figure 1 Cuboid section (mainstream)  

A vortex generator pair is mounted at the upstream 

location before the film-cooling hole. It is a triangular prism 

shaped extrusion cut. And a triangular prism with an inclined top 

surface revolved cut is also compared with a same height prism 

to see the effect. Vortex generators is known to be able to 

generate anti-vortex (ACRVP) which favour film-cooling 

effectiveness. A twisted flow rotates in the opposite direction of 

kidney vortices can attenuate its effects  

 

 

 

 

 

Figure 2 Prism-shaped VG: (a) 0.005m, (b) 0.0075m, (c) 0.01m 

 

In most cases, modification on the location, shape of film-

hole is being focused while shaped of VG is rarely considered.                          

This research is further exploring the effect by changing 

the shaped of VG itself. A total of 6 different shapes of VG are 

tested in three locations. Figure 2 is prism-shaped VG with 

height of 0.005m (D), 0.0075m (1.5D), 0.01m (2D). Figure 3 is 

top-surface inclined VG with inclined-angle of 10°, 20°, 40°.  

 

 

 

 

 
 

Figure 3 Inclined VG: (a) 10°, (b) 20°, (c) 40° 

 

These VGs are placed at the up-stream location before 

each film hole. Three different locations are being tested: 0.0 m, 

0.005m, 0.015m away from the hole. They are presented in 

figure 4 below. 

 

 

 
     

       0.0                                      0.005                              0.015 

Figure 4 VG positions 

Boundary treatments and flow conditions 
The mainstream inlet velocity (u∞) and inlet total temperature 

(T∞) are 23 m/s and 293 K, respectively. A turbulence intensity of 2.7% 

and a turbulence length scale of 3% of the flat plate length are applied 

at the mainstream inlet. The flow outlet condition of the flat plate is set 

as a pressure-outlet with the static pressure Pout=101325 Pa. The 

periodic boundary condition is imposed in the symmetry planes. 

Relatively cooler air is employed as a coolant to protect the plat surface 

from the hot mainstream. The coolant air is directly introduced into the 

film hole inlet sections by adopting a velocity inlet. The total 

temperature of the coolant flow (Tc) is taken to be 263 K, so that the 

coolant-to-mainstream density ratio (DR) is about 1.7, as in an engine, 

and the inlet velocity is determined according to the blowing ratio. The 

inlet of each film hole is defined as a velocity inlet, and the outlet is 

defined as an in-place interface between the plat surface and the film 

hole exit. An adiabatic no-slip condition is applied for the solid wall 

boundaries of the flat plate and film holes.  

Furthermore, the simulations were performed for different inlet 

temperatures of the coolant and mainstream, which significantly affect 

the hydrodynamic behaviours of the proposed problem. This 

temperature difference causes variations in flow properties, especially 

near the hole exit. Thus, Sutherland’s laws for viscosity and thermal 

conductivity and the ideal gas law for an incompressible flow were used 

to express the dynamic viscosity, thermal conductivity, and fluid 

density, respectively, as a function of the flow temperature in order to 

compute the spatial variation of flow properties throughout the 

computational domain except the boundary values.  

 

GRID SYSTEM 

Two multi-block grids were generated using starccm+ 

software, one covering the flat plate and a second one inside the 

film holes. The domain of the flat plat was composed entirely of 

polyhedral meshes with prism layer meshes, which are more 

accurate with less numerical diffusion. Detailed grid distribution 

is shown in figure 5. The prism layer is set so that the mesh is 

finer near the wall on the flat plate. The mesh was stretched away 
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from the viscous wall using a stretching ratio of 1.205. A first 

height of 0.0172 mm was used in order to accurately capture the 

boundary layer region. The second domain, on the other hand, 

consisted of two rows of film holes. These two block meshes 

were then merged together to form a “hybrid” mesh, with a non-

conformal interface boundary between them. For computational 

accuracy, the ratio of two adjacent grid sizes in any direction was 

kept within 0.87-1.15. No wall functions were used; thus viscous 

clustering was employed at all solid walls with a Y+ value of less 

than 1.0 for the first grid point off the wall at all locations. The 

total grid number was approximately 3,000,000 for all bodies.  

 
 

 
 

 

 

 

 

 

 

 

 

Figure 5 Grid structures for the VG design 

 

Validation 
The lateral-averaged film-cooling effectiveness 

experimental result from Chao et al. [13] is used to validate the 

results of the model from StarCCM+.The curve of M=0.5 is 

chosen for validating the result as shown in figure 6.  

 

 

 

 

 

 

 

Figure 6 StarCCM+ and experimental result plots of blowing 

ratio= 0.5 

The difference between results is very small. The change 

of lateral-averaged film-cooling effectiveness along the 

streamwise direction is the same at both studies. As the model is 

done by RANS which has a less accuracy, the slight difference 

of exact film-cooling effectiveness value is acceptable. 

Results and discussion 
The cooling performance of 6 configurations at 3 

locations are systematically showing the effect of VG at 

cylindrical hole at M=0.5. Adding a VG in upstream position of 

each film-hole is investigated in this paper as a way to increase 

film-cooling effectiveness. VG is mounted in 3 locations with 3 

different heights. A clear improvement is visible in the contour 

diagrams.  Moreover, the VG is then modified by having an 

inclined top-surface with 3 different degree of angles towards the 

film hole at 3 locations. The first part of this section shows the 

contour diagram in different views showing the flow mechanism 

of temperature distributions. The second part is extracting data 

from the contour diagram and presenting in plotted graph to 

show the global lateral film-cooling effectiveness distribution.   

 1-Temperature contour diagrams (prism VG) with blowing 

ratio of 0.5 

As shown in figure 7, the film-cooling effectiveness of 

VG at blowing ratio of 0.5 with height of 0.005m, 0.0075m, 

0.01m are placed at three distances 0.0m, 0.005m, 0.015m away 

from the film-holes. It is worth noted that the VG and film-holes 

location are not taken into account, as the contour diagram is 

considering the protection on the flat plate surface itself.  

 
 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 7 Temperature contour diagram with a distance of (1) 0.0m, (2) 

0.005, and (3) 0.015 away from film-holes at different height of VG: 

(a) no VG, (b) 0.005m, (c) 0.0075m, and (d) 0.01m. 

From figure 7-1, adding a VG can clearly show a larger 

coverage area of film cooling, the lift-off phenomenon is 

suppressed as in Fig. 7-1b, 7-1c, and 7-1d. Adjusting the height 

of VG also plays a role on affecting the coverage area, 0.005m 

in Fig. 7-1b and 0.01m in Fig. 7-1d shows a better coverage than 

0.0075m in Fig. 7-1c. With a higher height of VG is seen to be 

having the largest coverage area throughout the surface. It has a 

distinct film coverage in the area just beyond the film-hole while 

the other two shorter height give a blur result.  

Then, the VGs are moved away from the film-holes at a 

position 0.005m away. In figure 7-2, it is clear that a taller VG 

(1) (2) 

(3) 
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gives a larger coverage area along streamwise direction. 

Comparing the area just beyond the film-holes, in Fig. 7-2b, 

0.005m height shows the weakest film-cooling protection while 

increasing the height gives better performance in those areas. 

However, comparing Fig. 7-1 and 7-2, the overall performance 

in the beyond hole area is better for a closer VG.  

 

 

 

 

 

 

 

 

 

 

 

 

 
Figure 8 Temperature contour diagram with a distance of (1) 0.0m, (2) 

0.005, and (3) 0.015 away from film-holes at different inclined-top-

surface of VG: (a) no VG, (b) 10°, (c) 20°, and (d) 40°. 

 
In figure 7-3, moving the VG to a further distance of 

0.015m away from film-holes, the film-cooling effectiveness 

becomes very significant with areas reaching 𝜂>0.8. In Fig. 7-

3b, a 0.005m height VG can give a larger area of film protection 

along the streamwise compare to 0.0075m and 0.01m in Fig. 7-

3c and Fig. 7-3d. While for 0.0075m and 0.01m height of VG, 

they have a higher film-cooling effectiveness in the area beyond 

the film-holes. In Fig 7-3c, 0.0075m VG is the only case that can 

combine two separate film-cooling flow together. However, the 

shortest 0.005m gives the best evenly distributed film-cooling 

performance while the other higher two give a swallowtail shape 

in further downstream area.  

In figure 8, VGs with their top surface being inclined 

towards the film-hole at 10°, 20°, and 40° with blowing ratio of 

0.5 are placed at three distances 0.0m, 0.005m, 0.0015m away 

from the film-holes.  

In figure 8-1, a VG with top surface inclined towards the 

film-hole with different degrees are demonstrated at a distance 

of 0.0m away from the film-hole. Compare 10°, 20°, and 40° of 

inclination in Fig. 8-1b, c, d, 10° gives the largest area of 

coverage streamwise and spanwise while 20° and 40° both give 

a funnel-shaped coverage at the area just beyond the film-hole. 

20° VG gives a higher value of film-cooling effectiveness at the 

area beyond the film-hole while 40° VG perform a longer and 

further coverage than 20° VG.  

2-Lateral film cooling effectiveness (prism VG) with blowing 

ratio of 0.5. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 1 Global film-cooling effectiveness distribution of prism VG 

with distance (a) 0.0m, (b) 0.005m, (c) 0.015m. 

 

 

 

 

 

 

 

 

Figure 10 Global film-cooling effectiveness distribution of prism VG 

with top inclined surface with distance (a) 0.0m, (b) 0.005m, (c) 

0.015m. 

In figure 8-2, the VGs are moved to a distance of 0.005m 

away from film-hole. The film-cooling effectiveness becomes 

much more distinct. In Fig. 8-2b, the 10° VG still gives the 

largest overall area of film coverage. 10° and 20° VG in Fig. 8-

2c & d give a funnel-shaped film coverage just beyond the film-

hole. 20° VG has the highest value of film effectiveness among 

all but the coverage ends shorter than 40°. It is worth knowing 

that although 20° VG gives a funnel shape, it is actually 

surrounded by an area of film coverage but with a smaller 

effectiveness value. In figure 8-3, the VG is mounted at 0.015m 

away from the film-hole. It is very clear that Fig. 8-3c, the 20° 

VG gives the best area of coverage with both coverage of two 

(a) (b) 

(c) 

(a) (b) 

(c) 

(1) (2) 

(3) 
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separate films now merged together. 10° VG in fig. 8-3b, also 

gives a large area of coverage but it is less even than the 20° VG. 

In Fig. 8-3d, it has the highest effectiveness at the area beyond 

film-hole but the overall film-coverage is very narrow and small 

compare with the other two.  

Figures 9 and 10 show the lateral-averaged film-cooling 

effectiveness distributions of both VG configurations (0.0m, 

0.005m, 0.015m) and (10°, 20°, 40°) at blowing ratio of 0.5. 

These distributions are much more useful than the local values 

as they are extracted from 26 spanwise line probes which the 

averaged values of each line probe are then used to plot these 

graphs. Therefore, the plots have a more stable values and less 

fluctuated. Moreover, these distributions are able to tell the film 

coverage spanwisely by averaging the values which are more 

significant for investigations of VG effect. In figure 9a, the 

global values of prism VG at 0.0m distance shows that the adding 

of VGs cause a sharp decline but then the effectiveness will rise 

back after reaching a trough. Lastly, cases with VG perform 

better than without VG. The order is as follow: 0.005m 

VG>0.01m VG>0.0075m VG>no VG. In figure 9b, distance of 

0.005m, the trends of curves are the same as 0.0m. The 0.005m 

VG has a less decline compare to other two heights and it does 

not have a second decline the other two does from X(m)=0.07. 

The order is as follow: 0.01m VG>0.005m VG>0.0075m 

VG>no VG. Lastly, the distance 0.01m in figure 9c, the three 

curves perform similarly. All the VGs case perform better than 

without a VG. The order is: 0.005m VG>0.0075m VG>0.01m 

VG>no VG. In figure 10a, with a distance of 0.0m, the inclined 

VGs only have 10° inclined VG performs better than no VG. 20° 

inclined VG performs badly that it has a sudden raise at 

X(m)=0.02 for a value of 0.3 while 40° inclined VG has a decline 

at first but then back to same level as no VG. In figure 10b, at 

distance 0.005m, 20° inclined VG has the least decline follows 

by 10° then 40°. 20° inclined VG rises to the highest peak among 

all follows by 10° then 40°. However, only 10° inclined VG can 

maintain the effectiveness along streamwise direction, leaving 

20° and 40° inclined VG drops to a level that is slightly higher 

than no VG case. In figure 10c, at distance of 0.015m, all the 

VGs trend has perform similarly. They first drop, then reach a 

peak, and lastly decline again. At this distance, 10° and 20° 

inclined VG have higher value of film-cooling effectiveness. 40° 

inclined VG has a very low value similar to no VG curve. The 

order is as follow: 20°>10°>40°>no VG.  

 

Conclusion 
In this study, the shapes of VG are newly designed to 

measure the effectiveness at a blowing ratio of M=0.5. The main 

conclusions are drawn as follows:  

1-The distance of 0.015m between VG and film-hole gives the 

best film-cooling performance among all configurations. 

2-For prism VG, 0.005m height and 0.0075m height gives the 

largest film-coverage at M=0.5.  

3-For top surface inclined prism VG, 20° inclined VG gives the 

largest film-coverage at M=0.5. 

4-ACRVP is the key to suppress CRVP, the strongest ACRVP 

can be found in 0.0075m height prism VG and 0.01 height prism 

VG at distance of 0.015m at M=0.5. Overall, a taller VG is able 

to produce a bigger ACRVP. For inclined VG, 20° inclined VG 

produces the strongest ACRVP that is able to suppress CRVP 

but also flattening themselves to give a large coverage at M=0.5.  

5-At a blowing ratio of M=0.5, 0.005m VG, 10° inclined VG, 

and 20° inclined VG at 0.015m distance give the highest lateral-

averaged film-cooling effectiveness value which is nearly 200% 

improvement. 

6-A top surface inclined prism VG gives a better film-cooling 

performance than normal prism VG in terms of film-coverage 

area and lateral-averaged film-cooling effectiveness but the 

inclination angle cannot be too extreme. An angle of around 20° 

is an ideal configuration.  
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ABSTRACT
Thermal energy storage (TES) has recently gained significant

attention. The current extensive use of fossil fuel endangers the
environment, what implies the necessity of substituting it for
the use of renewable energies. However, many renewable en-
ergies cannot be produced on demand. Energy needs to be used
when produced or, alternatively, stored until it is needed. Among
the different TES technologies, phase change materials (PCMs)
have been used in the thermal storage of solar energy. However,
PCMs, which change phase to solid when discharged, present
a high thermal resistance in solid state, limiting the rate of dis-
charge of energy. One way to overcome this problem is the use
of active heat transfer enhancement techniques, which consist of
the elimination of the solid layer of the PCM created on the heat
exchange surface. Therefore, scraped surface heat exchangers
(SSHE) represent a promising technology for latent thermal en-
ergy store (LTES), which can then be released to a heat transport
fluid. In SSHE, power and energy release can be controlled by
varying the scraping velocity.

This works presents a study of the flow dynamics of a SSHE in
order to characterize the system under different scraping regimes.
Particle Image Velocimetry (PIV) and numerical simulation are
used to characterize the flow pattern inside the heat exchanger.

The device consist of a PCM tank where energy is stored.
Around the PCM tank, water flows through an annular space.
This water is used as heat transport fluid which will charge or
discharge the PCM used for thermal storage. Inside the PCM
tank, a rotating scraper has been installed, in order to remove
the solid layer which is formed in the heat exchanger surface
in the discharge process. This study focuses on the flow effect
produced by the rotating blade in the flow for different working
regimes.

INTRODUCTION
The economic development has led to higher demands for en-

ergy supply in the world. For that reason, the uses of renew-
able energies, have experienced significant growth in the last
years [9]. Because of the intermittency of renewable energies,
the development of thermal energy storage technologies (Ther-

NOMENCLATURE

g gravity acceleration
p Pressure
t Time
u Drag velocity
v Absolute fluid velocity
vr Relative fluid velocity
v∗r Dimensionless relative fluid velocity
k Turbulent kinetic energy
x Position
Γφ the diffusion of φ

Gφ, Yφ terms for production and dissipation of φ

Dω cross diffusion term

Special characters
ρ Fluid density
Ω Scraper rotational velocity
µt Turbulent viscosity
ω Turbulent dissipation ratio
φ, φ′ Mean and fluctuating components of a fluid variable
Re Reynolds number
Ta Taylor number

Subscripts
i, j, k, Coordinate system directions
N Nominal
r Relative
tip At the tip of the scraping blade
φ Generic fluid magnitude

mal Energy Storage, TES) has been given much attention. To
that aim, Phase Change Materials (PCM) result in an attractive
solution, as they provide high density energy storage.

However, heat transfer processes with PCM usually present
two serious drawbacks: a low thermal conductivity and the solid-
ification of the PCM at the heat transfer surface, when the system
is discharged, which causes a dramatic drop of heat transfer rates.
To overcome this, heat transfer enhancement techniques are re-
quired [10]. They can be classified into two general categories:
active and passive heat enhancement methods [4]. The advan-
tage of active techniques which scrape the heat transfer surface
is obvious, as they remove the solidified PCM from the surface
and, thus, they maintain a higher heat transfer rate. Furthermore,
usually the movement increases the convection effect, producing
a further enhancement. Such techniques have been successfully
used for ice slurry production and fouling removal in food pro-
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duction, where considerable enhancements have been reported
[11; 5; 12]. However, there are very few studies on its suitability
for PCM applications.

Maruoka et al. [13] tested a rotative heat exchanger with an
inorganic PCM and demonstrated the relation between rotation
velocity and heat release. The experiments showed a six times
increase in the heat release rate compared to no rotation mode.
The heat release was accelerated in the rotation mode, up to 80%
of latent heat was released in a short period (15 min). In contrast,
the system with no scraping was only capable of extracting 50%
of total latent heat after 4 h. Nepustil et al. [14] designed a novel
plate heat exchanger for PCM where the heat transfer surface
was scraped by linear action. Tombrink et al. [21] studied ex-
perimentally a rotating drum heat exchanger for LTES where the
heat transfer walls were continuously scraped in order to min-
imize the layer thickness of the solidified PCM and maximize
heat transfer. In that way, the authors were also able to control
the thermal power output. Although their prototype was tested
with a low melting point fatty acid (decanoic acid), a new ex-
perimental test rig for high-temperature applications is being de-
veloped. The future experimental research will be supported by
their numerical model [20].

Regarding the existing flow patterns in rotatory SSHEs, Trom-
melen et al. [22] and Härröd [7; 8] studied the influence of the
operating conditions of the rotor in the flow. Both conducted
experimental studies concluding the internal flow was either a
laminar shear flow (Couette flow) or a flow with large toroidal
vortices formed in pairs with opposite directions known as Tay-
lor vortices. With increasing rotating speed, the stationary vor-
tices tend to disappear, and the flow pattern becomes fully turbu-
lent [6; 15; 16]. A more detailed study on the velocity field was
conducted by Baccar et al. [2; 3]. They performed numerical
simulations observing the stagnation of the flow right after the
scraper blade. These results agree with the CFD simulations of
Stranzinger et al. [17; 18], Yataghene et al. [23; 24] and Sun et
al. [19].

In this work, the flow field produced by a rotating scraper in a
scraped surface heat exchanger prototype for heat energy storage
is analysed. Using Paraffin RT44HC PCM as working fluid, a
numerical study has been carried out for different working condi-
tions. Furthermore, an experimental setup has been built to sup-
port the conclusions of the model and preliminary experimental
results are presented as well. The results of heat release rate un-
der the different conditions show the great potential of the SSHE
with PCM for different applications.

————————————-

EXPERIMENTAL SETUP AND PROCEDURE
This section describes the device under study, the experimen-

tal facility and the methodology which has been employed.
As stated before, a prototype has been designed to serve as a

high density energy storage. The device is shown in Figure 1,
and it mainly consists of two concentric tanks with a rotating
surface scraper installed in the inner tank. The scraper has six
arms as shown in the figure. The inner tank is filled with PCM

and water flows through the annular space between tanks, serving
as heat transfer fluid (HTM). The HTM can be used to charge or
discharge the device.

HTF
PCM

Blades

(1)

(4)

(5)

(2)

(3)

1000 m
m

Ø400 mm

Ø300 mm

Figure 1. Energy storage device and experimental set-up.

Particle Image Velocimetry (PIV) has been used to obtain the
flow pattern of the liquid PCM in a horizontal plane located at
666 mm from the bottom of the tank (being the tank 1 m high)
in isothermal conditions. The flow is illuminated by a horizontal
laser light sheet produced by a 808 nm Oxford Laser. The laser
(1) is able to illuminate the fluid through two aligned windows
(2) on the tank wall. Besides, the flow is seeded with 50 µm
polyamide particles. A third window (3) in the tank top allows a
high speed Motion Scope M3 camera (4) to capture two consec-
utive pictures of the illuminated particles when triggered. It is
triggered by a photoelectric sensor, which detects the scraper. In
this way, pictures pairs are taken at the same instant of consec-
utive cycles. Thus, the flow pattern is obtained by applying the
PIV algorithm for 30 pairs of images.

NUMERICAL METHOD
The numerical simulations will be performed by applying the

Computational Fluid Dynamics (CFD) to the fluid problem in-
side the SSHE. To that aim, Fluent 17.1.0 will be used. The en-
ergy balance is decoupled from the fluid mechanics of the flow
because of the isothermal conditions, avoiding the need to solve
the energy equation. Equations 1 and 2 show the expressions
for the conservation laws of mass and momentum, respectively,
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particularized for the case of an incompressible fluid.

∇⃗v = 0 (1)

d
dt
(ρ⃗v)+∇(ρ⃗v⃗v) =−∇p+µ∇

2⃗v+ v⃗+ ρ⃗g (2)

The Moving Reference Frame (MRF) method is used for sim-
ulating the rotation of the scraper, because of its lower computa-
tional cost when compared to the Sliding Mesh method, and its
extended use among the researchers studying SSHEs using CFD.
The application of a pure rotating reference frame to the problem
leads to a definition of the relative velocity vr of the flow seen
from this reference frame as the combination of the absolute ve-
locity of the fluid and the rotating speed of the reference frame.
Equations 3 and 4 show the expressions defining the relationship
between both reference frames.

v⃗r = v⃗− u⃗ (3)

u⃗ = Ω⃗× r⃗ (4)

The governing equations of the system can be written now
considering the rotating reference frame by substituting the ab-
solute velocity for relative velocity, obtaining the equations 5
and 6. Note that two terms are added to the momentum equation:
the Coriolis acceleration 2Ω⃗× v⃗r and the centripetal acceleration
Ω⃗× Ω⃗× r⃗.

∇⃗vr = 0 (5)

d
dt
(ρ⃗vr)+∇(ρ⃗vr⃗vr)=−∇p+µ∇

2⃗vr+ ρ⃗g−ρ(2Ω⃗× r⃗+Ω⃗×Ω⃗× r⃗)
(6)

Regarding the turbulence modeling of the flow, it is assumed
that the isothermal monophasic flow of the PCM would be domi-
nated by the rotation of the scraper blades, leading to the pos-
sible formation of a secondary vortex flow. Hence, the k-ω
Shear Stress Transport (SST) model is proposed in order to prop-
erly simulate the flow. It is a Reynolds Average Navier-Stokes
(RANS) model which combines both the k-ε and k-ω models
through a bending function, taking advantage of the numerical
features for free flow and near wall regions respectively. This
model adds two additional transport equations for the calcula-
tion of the Reynolds stresses derived from the decomposition
of the fluid magnitudes into mean and fluctuating components
(φ = φ+φ′) as part of the Reynolds Averaging method. Consid-
ering a single component {i, j,k} of the velocity magnitude for

simplicity, equation 7 shows the term added to the momentum
equation 2 due to the turbulence model, which depends on the
turbulent kinetic energy k and the turbulent viscosity µt . In the
k-ω SST model, µt is obtained as a relationship between k and
the turbulent dissipation ratio ω.

−ρv′iv
′
j = µt

(
∂vi

∂x j
+

∂v j

∂xi

)
− 2

3

(
ρk+µt

∂vk

∂xk

)
δi j (7)

Equations 8 and 9 present the additional transport equations,
where Γφ is the diffusion of φ; Gφ and Yφ are the terms for pro-
duction and dissipation of φ; and Dω is the cross diffusion term
added to the transport equation of ω as a result of merging k-ε
and k-ω models.The authors refer to the available information in
the Fluent Theory Guide [1] for further details about the imple-
mentation of the k-ω SST model.

∂

∂t
(ρk)+

∂

∂xi
(ρkvi) =

∂

∂x j

(
Γk

∂k
∂x j

)
+Gk −Yk (8)

∂

∂t
(ρω)+

∂

∂xi
(ρωvi) =

∂

∂x j

(
Γω

∂ω

∂x j

)
+Gω −Yω +Dω (9)

The computational domain is discretized with an unstructured
3D mesh developed from the fluid volume created by subtraction
of the computational-aided design (CAD) model of the SSHE.
The lack of axisymmetry due to the distribution of the scraper
blades and the effect of gravity along the height of the SSHE
force to treat the problem as three-dimensional. It is not possible
either to use a periodic control volume. In order to mitigate the
expensive computational cost expected from these simulations,
the existing gap between the blade tip and the containment shell
is neglected, giving the fact that the scope of this work concerns
the study of the flow pattern and velocity fields in the SSHE from
a macroscopic standpoint. Furthermore, the high computational
cost limits the density of the mesh. Hence, a mesh comprised of
10.5 million elements will be used for the simulations after ver-
ifying the relative error on velocity magnitude relies on around
10% for the primary flow when compared to finer meshes, show-
ing good agreement in the contour shapes. However, it won’t be
possible to study in detail the secondary flows because the mesh
is not fine enough to properly capture the vortex formation.

With regard to the boundary conditions, a stationary non-
slip condition will be placed in all containment walls, while the
scraper will be a moving non-slip wall at rotating speed Ω , equal
to the rotating speed of the reference frame. Furthermore, al-
though the flow inside the SSHE should be periodic when con-
sidering the isothermal condition, transient simulations will be
performed with the intention of assessing the variation of the sec-
ondary flow over time.

For the spatial discretization of the governing equations, an
upwind second order scheme is selected for the calculation of
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fluid magnitudes. The gradients are calculated by the least
squares method, and a second order temporal discretization is
also selected. The pressure-based solver is applied to solve
the linearized system of governing equations. For the pressure-
velocity coupling, the SIMPLE algorithm will be used.

RESULTS
Numerical simulations

In order to characterize the flow pattern inside the SSHE,
numerical simulations are conducted for the nominal rotating
speed ΩN = 7.46 rpm (Rer = 1.6 · 104, Ta = 1228) as well as
for other two proportional rotating speeds: 0.5ΩN (Rer = 8 ·103,
Ta = 614) and 1.5ΩN (Rer = 2.4 · 104, Ta = 1842). The study
will be focused on the assessment of the relative velocity field for
different sections of the fluid volume, as the resulting contours
allow a better understanding of the flow pattern when compared
to the absolute reference frame. This is equivalent to consider
that the scraper remains still while the flow moves within the
domain, rotating clockwise around the shaft. In addition, the rel-
ative velocity is non-dimensionalized by the maximum velocity
(the velocity at the scraper tip utip) to be able to compare the re-
sults obtained from the simulations at different rotating speeds.
Equation 10 shows the expression for calculating the dimension-
less relative velocity v∗r .

v∗r =
vr

utip
=

vr

Ωrtip
(10)

Some general appreciations can be made based on the veloc-
ity field when operating at nominal speed. Figure 2 shows the
relative velocity field contours for different sections of the fluid
volume, focusing on the most representative areas: the middle
section of each module of blades (planes 2, 4 and 6), the tran-
sition area between the modules (planes 3 and 5) and the bot-
tom zone (plane 1). The similarities between the planes {2,4,6}
and {3,5} indicate the flow is dominated by the in-plane forces
derived from the rotation of the scraper, hence concluding the
effects of the gravity forces are negligible for the flow pattern
formation in the case of isothermal flow. Regarding the values
for the velocity field, the maximum relative velocities are lo-
cated on the lateral walls and equal to utip following the non-slip
condition, while the minimum values can be found in the area
surrounding the shaft also following the non-slip boundary con-
dition.

By observing the middle sections, it can be stated that the
flow inside the SSHE is predominantly laminar, as shown by
the concentric contours of velocity typical from the shear flows.
The flow near the container walls is accelerated by the scraper
blade, reaching velocities around 0.65utip. Once the flow de-
taches from the blade, it loses speed and the pressure drop gener-
ated at the back of the blade forces the formation of a roll-up vor-
tex, generating the secondary flow represented by the contours of
v∗r < 0.25. Although some kind of Taylor vortex seem to be form-
ing when observing longitudinal section planes at the back of the

blades, the lack of resolution of the mesh in the secondary flow
field area prevents us from conducting a detailed study. On the
other hand, the rest of the flow which is not directly affected by
the blades rotates at a much lower speed, forming a bulk volume
of v∗r < 0.25 around the shaft. In this region, the movement is
transmitted thanks to the variation on shear forces between the
zones rotating at different speeds.

Although the flow pattern is common for all sections, the for-
mation of the secondary flow varies depending on the area that
is considered. The secondary flow reaches its maximum exten-
sion at the middle section of the modules, while at the transition
zones between modules its existence is nearly negligible. Es-
pecial mention needs to be made for the bottom area where, in
addition to the blade secondary flow, another secondary flow is
generated from the bottom scraper.

The flow pattern observed for the operation at nominal ro-
tating speed is also present in the simulations conducted for
0.5ΩN and 1.5ΩN as shown in Figure 3. In fact, it can be af-
firmed the flow regimen inside the SSHE is the same for Ω ∈
[0.5ΩN ,1.5ΩN ]: a periodic laminar rotating flow with secondary
vortex flows at the back of the blades. It can be assumed that
a much lower rotating speed would be needed in order to see
the transition from fully laminar flow to the Taylor vortex flow.
However, there are slight alterations of the flow pattern derived
from the increase of rotating speed. The relevance of the inertial
forces increases over the viscous forces, reducing the magnitude
of the accelerated flow and increasing the velocity gradient from
the lateral wall to the low speed bulk volume surrounding the
shaft.

Preliminary Experimental results
This section shows the preliminary experimental results of the

inner tank flow field. Figure 4 shows the area downstream the
scraper, where a wake of high flow velocities is detected due to
the movement of the scraper. Besides, vortex formation is also
observed, in accordance with numerical results.

CONCLUSION
This work presents the experimental setup built to analyze the

flow pattern in a novel heat storage system. The system has been
built to obtain it by using PIV technique. From the numerical
simulations, it can be confirmed the flow inside the SSHE is pre-
dominantly laminar when operating at nominal speed. The flow
pattern is dominated by the in-plane forces derived from the rota-
tion of the blades, being the contribution of gravity forces negli-
gible. However, secondary flows appear at the back of the blades
due to the roll-up vortex formed after the accelerated flow de-
taches from the blades. It can also be stated that this flow pattern
remains unaltered for a wide operating range around the nominal
speed Ω ∈ [0.5ΩN ,1.5ΩN ].

The preliminary experimental results support the numerical
simulations. The experimental study will be carried out further
to fully validate the numerical model and provide additional in-
formation.

The conclusions obtained for the behavior of the internal flow
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(a) Distribution of planes along the SSHE

(b) Plane 6 (821mm) (c) Plane 5 (656mm)

(d) Plane 4 (493mm) (e) Plane 3 (328mm)

(f) Plane 2 (193mm) (g) Plane 1 (20mm)

Figure 2. Contours of dimensionless relative velocity v∗r for
nominal rotating speed ΩN .

(a) Plane 5 (0.5ΩN ) (b) Plane 5 (1.5ΩN )

(c) Plane 4 (0.5ΩN ) (d) Plane 4 (1.5ΩN )

(e) Plane 1 (0.5ΩN ) (f) Plane 1 (1.5ΩN )

Figure 3. Contours of dimensionless relative velocity v∗r for
0.5ΩN and 1.5ΩN .

of the SSHE will have considerable value on the future optimiza-
tion of the heat transfer in the system.
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ABSTRACT 
This study focuses on investigating the similarities and contrast 

between the streamwise and transverse oscillations of a heated 

circular cylinder. The study is carried out at Reynolds number 

of 100 to investigate the flow characteristics and heat transfer 

in the laminar regime. Numerical analysis was done using 

Ansys Fluent where the solution for URANS was sought. The 

O-type flow domain around a circular cylinder is built taking in

consideration the blockage ratio of 1.5% to eliminate the wall

effects. Cylinder motion is induced via a used defined function

to mimic the specific cases of flow-induced vibrations where

the vibration frequency (f) is a function of the natural vortex

shedding frequency (fn) of the cylinder, i.e., frequency ratio

(f/fn) = 0, 0.5, 1, 1.5, and 2, incorporating two harmonic

frequencies and two frequencies in-between them. Amplitude

to diameter ratio (A/D) was kept constant at 0.1. As the

temperatures in high temperature heat exchanger tubes may

reach up to 900°C, therefore heating temperatures of 300°C,

600°C, and 900°C above the freestream fluid temperature were

considered to study the effect of vibration on the heat transfer.

The fluid flow and heat transfer characteristics were analysed in

terms of lift and drag coefficients, Strouhal number, vortex

shedding patterns, vorticity contours, Nusselt number, and

temperature contours. Temperature dependent fluid properties

were considered, and it was observed that for heated cases, the

vortex shedding frequency and lift coefficient decreased with

increasing the heating temperature, while the drag coefficient

increased. These were observed in both cases of transverse and

streamwise oscillations and were because of heating on the

fluid in the vicinity of the cylinder wall which lowered its

Reynolds number. For transverse oscillations, the lock-in

phenomenon was observed at frequency ratio of 1, while that

for the streamwise oscillations was observed at frequency ratio

of 2. For transverse oscillations, in the frequency spectrum of

lift coefficient, two distinct peaks were observed, one at natural

vortex shedding frequency and the other at the forcing

frequency. For streamwise oscillations, the forcing frequency

was found to interact with the natural vortex shedding

frequency and the peaks were observed at the sum and the

difference of the two frequencies. The 2S vortex shedding

frequency was observed for all the cases. The Nusselt number

for streamwise oscillations was slightly higher than the

transverse oscillations.

NOMENCLATURE 
D [m]  cylinder diameter 

ρ [kg/m3] fluid density 

u [m/s] velocity vector 
p [Pa] static pressure 

k [W/m.K] thermal conductivity 

T [K] temperature 
h [J/kg] enthalpy 

J  [kg/m2.s] diffusion flux 

t [s] flow time 
X [m] displacement 

A/D [-] nondimensional amplitude 

f [Hz] forcing frequency 
fn  [Hz] natural vortex shedding frequency 

St [-] Strouhal number 

Re [-] Reynolds number 
Cl [-] lift coefficient 

Cd  [-] drag coefficient 

INTRODUCTION 
Cylindrical tubes and pipes are commonly found in many 

industrial applications, such as, streetlights, nuclear reactor 

control rods, offshore structures and pipelines, and heat 

exchanger tubes [1]. Most of these applications also involve 

heat transfer to or from the oncoming fluid. The flow of fluid 

over these cylinders and tubes leads to vortex shedding in the 

wake which leads to flow-induced vibrations (FIV). This 

phenomenon is of great concern to the design engineers as it 

leads to catastrophic damage to the structures especially if the 

vibration frequency matches with the natural frequency of the 

structure. This condition is known as the lock-in. The two types 

of FIV based on the configuration of the structure are the 

vortex-induced vibrations (VIV) which occur as a result of the 

vortex shedding from the structure, and the wake induced 

vibrations (WIV) which result due to the presence of the 

structure in the wake of another [2]. Based on the direction of 

FIV, it can be classified into transverse oscillations and 

streamwise oscillations. Transverse oscillations, as compared to 

their counterpart, are more commonly encountered in practice 

in a wide number of applications. However, streamwise 

oscillations should not be overlooked as they are observed in 

some important applications, such as, in the marine riser pipes. 

Transverse FIV has been the concern of the engineers and 

researchers for a long time and quite a handful of literature is 

available on this topic. Chung [3] studied the transverse FIV for 

cylinder free to oscillate in proximity of a wall. They carried 
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out the analysis at Re of 100 and varied the gap between the 

cylinder and the wall. They observed that the presence of the 

wall increased the drag on the cylinder. Wanderley and Soares 

[4] numerically studied the transverse VIV of a cylinder free to 

vibrate in the flow. Their model solved the URANS at various 

Reynolds number. Their results showed that the Reynolds 

number strongly affects the VIV behavior. The maximum 

nondimensional amplitude of vibrations (A/D) observed was 

0.55. Bernitsas and Raghavan [5] studied the VIV for an 

elastically mounted cylinder, experimentally. Their results 

showed that the amplitude of vibration (A/D) increased with 

increasing Reynolds number. Ali et al. [6] studied the forced 

transverse oscillations of heated cylinder and observed that the 

lock-in condition occurred at frequency ratio of 1. The 

frequency ratio was defined as the ratio of vibration frequency 

to the natural vortex shedding frequency.  

Streamwise oscillations were first time reported by King 

[7] and were confirmed by the studies of King [8] and Wootton 

et al. [9]. The wake behind the cylinder due to the streamwise 

FIV result in irregularities in the coefficient of lift [10, 11]. Al-

Mdallal et al. [12] studied the streamwise oscillations of a 

cylinder subjected to fluid flow at Re of 200, numerically. They 

observed the presence of symmetric/asymmetric modes of 

vortex shedding characterized by the frequency ratio.  

In a more recent trend, FIV are coupled with heat transfer 

to study how the FIV influences the heat transfer. Wang and 

Travnicek [13] carried out experiments to study the heat 

transfer from the heated cylinder to the airflow over it. Their 

work was carried forward by Baranyi et al. [14]. They 

performed the experiments at various Reynolds numbers and 

heating temperatures. As a result, they presented a temperature-

dependent heat transfer coefficient equation for the flow over a 

cylinder. Nakamura and Igarashi [15] also performed 

experiments for flow over a heated circular cylinder. They 

stated that the detached alternating shear layers gave rise to the 

alternating reattached flow in the wake of the cylinder. 

Numerical analysis for flow over a heated cylinder was carried 

out by Salimipour [16] in order to observe the convective heat 

transfer. He observed that the heat transfer results in dampening 

the FIV. Witte et al. [17] performed large eddy simulation 

(LES) to study the heat transfer for a cylinder at Reynolds 

number of 3900. They also performed simulations to study the 

2D pulsating laminar flow at Reynolds number of 0.4, 4.0, and 

40. In their results, they showed the effect of heat transfer at 

various Reynolds numbers. Jogee et al. [18] continued their 

work and stated that a temperature difference of at least 100°C 

is required to observe any effect of heat transfer on the flow 

characteristics.   

From the cited work, and to the best of the knowledge of 

the authors, the streamwise and transverse vibrations of heated 

cylinders has not been studied in a way to provide the direct 

comparison. Therefore, this work will fill this gap by 

comparing the heat transfer and flow characteristics for 

streamwise and transverse oscillations. The novelty of this 

study is that the heat transfer in terms of Nusselt number was 

studied taking into consideration the temperature dependent 

properties of the fluid whereas most of the previous studies 

considered constant fluid properties treating Prandtl number as 

a constant. However, in this study Prandtl number was not kept 

constant and was allowed to vary according to the heating 

temperatures, considering the actual case found in practice. 

 

METHODOLOGY 
 

Computational Domain 

The computational domain consists of a circular region 

enclosing the 2D circular cylinder as shown in Figure 1. The 

domain size is 64 times the size of the cylinder, giving the 

blockage ratio of 1.5%. The cylinder is heated at a constant 

temperature while the flow is also maintained at a specific 

temperature to maintain the temperature difference between the 

incoming flow and the cylinder wall. The fluid properties are 

considered to be temperature dependent. The upstream half of 

the domain is assigned with velocity inlet condition while the 

downstream half is assigned as pressure outlet. The cylinder 

wall is imposed with constant temperature and no-slip 

condition. The flow is maintained at Re of 100.  

 

 
Figure 1 Computational domain 

 

The domain is fitted with structured mesh with fine 

spacing near the cylinder surface to resolve for wall effect, as 

shown in Figure 2. For the transient analysis, a small timestep 

is chosen to satisfy the criterion of CFL ≤ 1. To allow the 

cylinder motion, dynamic mesh is applied with smoothing 

function. The mesh consists of 192 points in each radial and 

azimuthal direction. The total number of mesh elements are 

36864. For the mesh sensitivity, four levels of mesh are created, 

and the natural frequency of vortex shedding is evaluated and 

tabulated in Table 1. The baseline mesh is chosen as a 

compromise between solution accuracy and the computational 

time as it showed the relative error of 1.163% for the frequency 

value compared to the fine mesh.  
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Figure 2 Structured mesh 

 

Table 1 Mesh sensitivity results 

Mesh size 

Frequency 

(fn) 

Hz 

Relative 

error 

% 

Fine  

(2xbaseline) = 

73,728 

2.450 --- 

Baseline 

(1xbaseline) = 

36,864 

2.421 1.163 

Coarse II 

(0.5xbaseline) 

= 18,432 

2.418 
1.318 

 

Coarse I 

(0.25xbaseline) 

= 9,216 

2.414 
1.481 

 

 

The cylinder is subjected to crossflow leading to vibrations 

in the transverse (y) and streamwise (x) direction with the 

cylinder displacement, which is imposed via user defined 

function and represented by: 

 

Y(t) = A*sin(2πft)    (1a) 

X(t) = A*sin(2πft)    (1b) 
 

Where A is the amplitude of cylinder vibration, f is the 

forcing frequency and t is the flow time. Amplitude to cylinder 

diameter ratio (A/D) is taken as 0.1 and the values for 

frequency ratio (f / fn) are 0, 0.5, 1, 1.5, and 2, where fn is the 

natural vortex shedding frequency of the cylinder. Frequency 

ratio of 0 means that the cylinder is stationary without any 

oscillations. 

 

Model Validation 

Model validation is done by comparing the results of the 

baseline mesh to the experimental results of Williamson [19], 

as shown in Figure 3. For the temperature dependent properties 

of air, ideal gas law is used for density, Sutherland viscosity 

law is used to model viscosity, and polynomial relations of 4th 

and 5th order are used for specific heat and thermal 

conductivity, respectively, as given by [20].  

 
Figure 3 Model validation 

 

Governing Equations 

The numerical model solves the unsteady Navier-Stokes 

equations to get the solution. The continuity equation (Eq. 2), 

momentum equations (Eq. 3), and the energy equation (Eq. 4) 

are solved. The equations are given as: 

𝜕𝜌

𝜕𝑡
+

𝜕(𝜌𝑢𝑖)

𝜕𝑥𝑖
= 0   (2) 

𝜕

𝜕𝑡
(𝜌𝑢𝑖) +

𝜕

𝜕𝑥𝑗
(𝜌𝑢𝑖𝑢𝑗) =

𝜕𝑝

𝜕𝑥𝑖
+

𝜕

𝜕𝑥𝑗
[𝜇 (

𝜕𝑢𝑖

𝜕𝑥𝑗
+

𝜕𝑢𝑗

𝜕𝑥𝑖
)]       (3)                         

𝜕

𝜕𝑡
(𝜌𝐸 + 𝑝) +

𝜕

𝜕𝑥𝑗
𝑢𝑗(𝜌𝐸 + 𝑝) =

𝜕

𝜕𝑥𝑗
[𝑘

𝜕𝑇

𝜕𝑥𝑗
+ ∑ ℎ𝑗𝐽𝑗𝑗 ]  (4) 

where, ui is the velocity vector (m/s), and ρ is the temperature 

dependent density of air (kg/m3). The advective velocity term uj 

is adjusted according to uj’= uj + ujmesh to account for the forced 

cylinder motion. Where ujmesh is imposed via the user defined 

function to the mesh motion. The symbol p is the static pressure 

(Pa), and μ is the dynamic viscosity (Pa-s). In the energy 

equation, k is the thermal conductivity of the fluid (W/m·K), T 

is the temperature (K), hj is the enthalpy (J/kg), and Jj is the 

diffusion flux (kg/m2·s). The term E is defined as follows: 

𝐸 = ℎ + 𝑢2 2⁄  ,  with  𝑢2 = 𝑢𝑖𝑢𝑖           (5) 
 

RESULTS  
Forced streamwise and transverse oscillations of a circular 

cylinder are carried out at the frequency ratio of 0, 0.5, 1, 1.5, 

and 2. The analysis is done on unheated (ΔT = 0) and heated 

cylinder with three levels of heating corresponding to the 

temperature difference (ΔT) between the cylinder wall and the 

incoming fluid of 300K, 600K, and 900K. Figure 4 shows the 

root mean square (rms) values of coefficient of lift (Cl) and 

average drag coefficient (Cd) for all the cases considered in this 

study. It can be observed that for the unheated cylinder 

increasing the frequency ratio increases the lift in both 

streamwise and transverse oscillations. With the addition of 

heat, the streamwise oscillations have no effect on the lift 

coefficient and it becomes constant at ΔT = 300K, whereas at 

higher heating temperature the lift coefficient goes to zero. For 
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the transverse oscillations, heating the cylinder with ΔT = 300K 

decreases the lift coefficient slightly, while further increasing 

the heating temperature the effect of heating becomes 

negligible. However, for stationary cylinder, with the increase 

in heating temperature, the lift coefficient decreases until it 

completely diminishes.  

The drag coefficient for unheated cylinder in streamwise 

oscillations increases slightly with increasing the frequency 

ratio and the maximum value is observed at 2 where lock-in 

occurs. For transverse oscillations the lock-in occurs are f/fn = 1 

and a high value of drag is observed, whereas the general trend 

is same as that observed in streamwise oscillations. Lock-in 

occurs when the forcing frequency comes near the natural 

vortex shedding frequency. Heating the cylinder increases the 

drag coefficient for both streamwise and transverse oscillations. 

As the fluid properties are temperature dependent, with the 

increase in temperature the specific heat, thermal conductivity, 

and viscosity increase, while the density decreases. This leads 

to the decrease in the Reynolds number close to the surface of 

the cylinder, which leads to increase in the drag. 

 

 
Figure 4 Behavior of lift and drag coefficients with 

varying frequency ratio and heating temperature 

 

Figure 5 shows the frequencies observed in the spectrum of 

lift coefficient. It is observed that for the streamwise 

oscillations the forcing frequency interacts with the natural 

frequency and as a result in the spectrum two additional 

frequencies are observed which are the sum and difference of 

the forcing and natural frequency. The green line in the figure 

marks the natural vortex shedding frequency. For transverse 

oscillations, both the forcing frequency and the natural 

frequency are observed in the spectrum without any interaction 

of the two. For the heated cases, the natural frequency appears 

to be suppressed which shows that heating causes a decrease in 

the natural vortex shedding frequency and in the Strouhal 

number. The forcing frequencies for transverse oscillations 

appear to have not affected by the heat. However, for the 

streamwise oscillations, the frequencies that emerged as an 

interaction between the forcing and natural frequency also get 

affected by the heating as they get dampened. 

 

 
Figure 5 The observed frequencies in the spectrum of the 

lift coefficient 

 

The vorticity contours for some of the cases studied in this 

work are shown in Figure 6. The 2S vortex shedding pattern is 

observed in all the cases. It is observed that for the heated 

cylinder the shear layers are more elongated, and the vortices 

shed slowly. This refers to the Figure 5 where it was observed 

that the vortex shedding frequency was decreased due to the 

heating of the cylinder. These findings are in line with those of 

Homsi et al. [21]. Comparing streamwise and transverse 

oscillations, not much difference was observed in the vortex 

shedding pattern.  
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Figure 6 Vorticity contours for unheated and heated 

cylinder at ΔT = 300K 

 

The temperature contours are shown in Figure 7 for the 

heated cases with ΔT = 300K. It is observed that the cylinder 

rejects the heat to the surrounding fluid and as the flow passes 

by the cylinder and the vorticity occurs in the wake of the 

cylinder, the similar pattern is observed in the temperature 

contours. The vortices carry heat away from the cylinder. The 

difference in the streamwise and transverse oscillations was not 

captured in the temperature contours, however slight 

differences were observed in the Nusselt number as given in 

Table 2. The Nusselt number is nondimensionalized with the 

stationary cylinder as: 

 

Nondimensional average Nusselt number = Nu/Nu0      (6) 

 

where Nu is the average Nusselt number for the heated 

oscillating cylinder and Nu0 is the average Nusselt number for 

the heated stationary cylinder. From the data available in Table 

2, it can be observed that the Nusselt number for streamwise 

oscillations is slightly higher than that for transverse 

oscillations.  

 
Table 2 Nondimensionalized Nusselt number 

Nondimensional Nusselt Number at ΔT = 300K 

f/fn Streamwise Transverse 

0 1 1 

1 1.775 1.768 

2 1.78 1.772 

 

 
Figure 7 Temperature contours for unheated and heated 

cylinder at ΔT = 300K 

 

CONCLUSION 
The streamwise and transverse oscillations of unheated and 

heated circular cylinder at Reynolds number of 100 are 

numerically studied in this work. It was observed that in the 

case of streamwise oscillations, the forcing frequency interacts 

with the natural vortex shedding frequency and as a results two 

frequencies appear that are the sum and difference of the 

forcing frequency and natural vortex shedding frequency. For 

the transverse oscillations the forcing frequency and natural 

vortex shedding frequency appear separately in the frequency 

spectrum of the lift coefficient. The lock-in for transverse 

oscillations was observed at frequency ratio of 1, whereas for 

the streamwise oscillations it was observed at frequency ratio of 

2. Heating the cylinder resulted in increase in drag coefficient, 

while it resulted in the decrease in lift coefficient and the 

natural vortex shedding frequency, or the Strouhal number. The 

2S vortex shedding was observed for all the cases and the 

temperature contours showed that the vortices helped in heat 

transfer as a similar pattern was observed. The Nusselt number 

for streamwise oscillating cylinder was found to be slightly 

higher than the transversely oscillating cylinder.  
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ABSTRACT 

Stand-alone operation of thermal energy storage (TES) is 

crucial for domestic hot water applications, in which the 

performance of the storage system is significantly affected by 

the natural convection phenomenon. In the present study, a 

two-dimensional axisymmetric numerical model is developed 

for the detailed simulation of stand-alone TES. Findings of a 
previous study indicates that sloped wall TES exhibits better 

heat retention capabilities owing to lower thermal losses as 

compared to the cylindrical TES. The present study considers a 

paraboloid shaped TES with an aspect ratio (AR) of 1.66 as a 

reference configuration for further investigation. The numerical 

simulations show the evolution of thermal stratification in the 

paraboloid TES, during the stand-alone period spanning over 6 

h. An average temperature gradient of 2.06 °C/m is observed

along the height of the vertical storage tank over the aforesaid 6

h period. Based on the detailed simulations, an effective

prediction model for the considered TES configuration is

formulated using a four-parameter three-level Box-Behnken
Design (BBD), which is one of the Response Surface

Methodologies (RSM) to evaluate the water temperature

distribution inside the storage tank. The formulated prediction

equation covers an adequately wide range of values for the

chosen four parameters, namely the charging temperature,

ambient temperature, height ratio and storage time ratio,

considering realistic domestic and industrial requirements.

Analysis of variance (ANOVA) is performed to select the

statistically significant terms and a reduced prediction equation

is generated. From the comparison of the results obtained

through the detailed simulations and the prediction equation, it
is concluded that the formulated reduced prediction equation

can predict the thermal characteristics and evolution of water

temperature profiles within the stand-alone paraboloid-shaped

TES with adequate accuracy.

NOMENCLATURE 

Cp [J/kg.K] Specific heat  

g [m/s2] Acceleration due to gravity 

H [m] Height of TES

h [W/m2.K] Heat transfer coefficient 

Nu [-] Nusselt number 

P [N/m2] Pressure  

Pr [-] Prandtl number 

q [W] Heat transfer rate

R2 [-] Coefficient of determination 

r [-] Radial direction 

Ra [-] Rayleigh number 

t (s) Time

T [°C] Temperature 

u [m/s] Velocity 

ur [m/s] Radial velocity 

uz [m/s] Axial velocity 

z [-] Axial direction 

Special characters 

 [W/m. K] Thermal conductivity 

β [1/K] Thermal expansion coefficient 

µ [kg/m. s] Dynamic viscosity 

ρ  [kg/m3] Density 

Subscripts 

insl Insulation 

amb Ambient 

fi Water initial 

f Water 

ini Initial 

w Wall 

max Maximum 

min Minimum 

INTRODUCTION 

Thermal energy storage (TES) systems mitigate the 

temporal mismatch between the supply and demand of solar 

energy [1, 2]. TES is crucial for several industrial, commercial, 

and domestic applications that utilize sensible heat [3]. Due to 

the ample availability, less expenses and high volumetric heat 

capacity, water is used as the working fluid in most cases [4]. 

When there is no flow into/from the storage tank, it is 
considered as the stand-alone condition of the storage tank. 

Velocity and temperature boundary layers are developed during 

the stand-alone operation along the lateral walls of the storage 

tank, owing to the convective heat transfer between the water 

inside the tank and the surroundings. Gradually, it leads to the 

formation of thermal stratification in the storage tank [5]. 

Published literature primarily focuses on the vertical cylindrical 

storage tanks with the temperature and heat flux conditions 

imposed on to the walls [6-8]. However, recent studies have 

shown that paraboloidal tank geometry offers superior 

performance in terms of thermal stratification as compared to 

the circular truncated-cone and cylindrical geometries, ensuring 
better thermodynamic quality of the stored working fluid in the 

upper section of the TES [9].  

To address the temporal mismatch between the 

thermal energy availability and demand, caused by the 

intermittent nature of insolation, it is essential to understand the 

thermal characteristics, i.e., evolution of thermal stratification, 
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entropy generated during the operation, energy storage 

efficiencies and heat retention capabilities of TES. 

Consequently, a precise evaluation of water temperature 

distribution within the TES is crucial. The objective of this 
study is to formulate a prediction model to estimate the water 

temperature distribution for an improved geometrical 

configuration of TES tank (paraboloidal shape) operating in 

stand-alone mode. Recently, a seven-parameter three-level Box 

Behnken Design-based prediction model was developed to 

facilitate accurate prediction of working fluid temperature in a 

vertical cylindrical sensible heat storage tank [10]. The results 

of the reduced prediction model were validated against the 

detailed simulations as well as the experimental data obtained 

from an in-house facility housed at IIT Bombay. The reduced 

BBD-based models are devoid of computational overhead and 
save the resources that would have been spent otherwise in the 

repeated experimental trials. Based on the trends of water 

temperature distribution inside vertical cylindrical TES 

captured in the experimental study [10], the quadratic model 

approach of BBD is found suitable to find the factors of the 

model in this study, as against the linear model or the OFAT 

(one factor at a time) approach. Following the procedural steps 

delineated in detail in the previous study [10], a four-parameter 

three-level BBD-based prediction equation is formulated in this 

work. In the previous study, the seven parameters considered 

for the BBD simulation were volume of tank, aspect ratio, 

charging temperature, ambient temperature, thickness of 
insulation, height ratio and storage time ratio. Detailed 

statistical analysis (including ANOVA) highlighted four out of 

the seven parameters that are quintessential in terms of model 

considerations. These are charging temperature, ambient 

temperature, height ratio and storage time ratio. 

In this study, the prediction model for a paraboloid-

shaped TES tank considers these dominant four parameters 

only, to further reduce the computational efforts.  Considering 

the broad range of operating conditions based on domestic and 

industrial applications, a scaling-based prediction equation is 

formulated for the paraboloidal storage tank. Figure 1 depicts 
the conceptual systemic diagram comprising the paraboloid 

TES tank and other key components.  
 

Geometrical Parameters of the TES Tank  
 Paraboloidal shaped storage tank configuration with 

an aspect ratio of 1.66 has been chosen based on a previous 

study [9]. Based on the reported literature, the ranges of chosen 

process parameters are defined by looking at average daily 

domestic and industrial hot water requirements. For domestic 

purposes, storage tanks of 160-1000 L capacity are offered by 

industrial manufacturers [11]. A paraboloidal storage tank of 

600 L capacity is considered for further simulations. An 
insulation thickness of 40 mm is considered in this study, 

considering the lower end of the range generally provided by 

the TES manufacturers (40-100 mm) [12]. 

 
Choice of Other Operating Parameters 
 Selection of range for the key process parameters is 

an important consideration to develop an adequately accurate 

response prediction model [13]. Based on the domestic hot 

water (DHW) requirements, the range of charging temperature 

is selected as 50-90 °C. The range of average ambient 

temperature (23-36 °C) is selected considering the weather of 

Mumbai, India. The maximum storage time of 6 h has been 
selected as per the hot water demands during the evening 

period (18:00 - 23:00 h) [14]. All the numerical runs suggested 

by the BBD matrix are carried out for the 6h duration. The 

value of Ra for all the numerical runs varies between 2.9 × 1010 

and 1.1 × 1012. Table 1 presents the selected process 

parameters and their values at three levels.  

 

 

Figure 1 Conceptual systemic diagram comprising 

paraboloidal TES tank 

Table 1: Levels and respective values of process parameters 
Process parameter Units -1 Level 0 Level +1 level 

Charging temperature (A) °C 50 70 90 

Ambient temperature (B) °C 23 29.5 36 

Height ratio (C) - 0 0.5 1 

Storage time ratio (D) - 0.027 0.5135 1 

 

 
Figure 2 Axisymmetric two-dimensional numerical domain of 

paraboloidal TES (all dimensions are in mm) (not to scale) 

 

NUMERICAL APPROACH 
 
Geometrical Domain 

A numerical model is developed for the stand-alone 

paraboloidal storage tank, to analyze the evolution of the 
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volumetric temperature distribution of water inside TES. A 

two-dimensional axisymmetric numerical domain is considered 

as depicted in Figure 2. The storage tank under stand-alone 

operation continuously loses thermal energy to the ambient due 
to natural convection, which necessitates the selection of an 

appropriate model to assess the flow state of the working fluid 

(water) inside TES. The reported study considers the flow to be 

laminar up to a critical Ra value of 1013 [15]. The Ra evaluated 

for every case presented in this study is considerably lesser than 

the critical value of Ra reported in the literature. Therefore, 

laminar flow regime has been considered for the fluid flow 

simulations in the present study. 

 

Numerical Formulation 
The mass, momentum and energy equations govern the heat 
transfer and fluid flow phenomenon inside the TES tank. The 

Boussinesq approximation is applied to the axial momentum 

conservation equation, to incorporate the buoyancy effects. 

Water has been treated as an incompressible and Newtonian 

fluid. Uniform initial water temperature is considered inside the 

storage tank. Water has been assumed to have isotropic and 

constant thermophysical properties over the range of 

temperature considered. The effect of tank wall is neglected as 

the tank wall is much thinner as compared to the average 

diameter of storage tank. The governing equations used are 

specified below [10]. 

 

Conservation of mass: 

 

(1)  

Conservation of axial and radial momentum equations: 

 

(2)  

 

(3)  

Conservation of energy: 

 

(4)  

 

The boundary conditions of the stand-alone TES considered 

are, 

(i) No-slip condition at the wall of TES,  (5)  
(ii) Coupled thermal boundary condition, 

 
(6)  

(iii) Axisymmetric boundary condition, 

       

(7)  

(iv) Storage tank sidewall boundary condition, 
 

(8)  

(v) Storage tank top and bottom wall boundary 

condition,  
(9)  

Thermal losses to the ambient are determined using the 

following correlation for the paraboloidal domain of storage 

tank [16]. 

 

(10)  

 

The local heat transfer coefficients are evaluated at the lateral 

wall of the storage tank, considering the radius of curvature as 

the characteristic dimension at every local point. The average 
Nu is estimated based on equation (10). The initial conditions 

are specified as below. 

at t = 0,  (11)  
The ambient temperature is chosen as 27 °C. The 

finite element method based commercial software COMSOL 

Multiphysics 5.4a is used to solve the governing equations (1-4) 

using the initial and boundary conditions given by equations (5-
11). Previously, this numerical model could capture the axial 

temperature profile of water in a stand-alone vertical cylindrical 

TES tank with a maximum deviation of 2.09% from the 

experimental data and a root mean square error of ±0.26°C 

[10]. For the present study, appropriate grid size and time step 

for the numerical model are obtained through the grid and time 

step independence studies. The maximum difference of 0.51% 

is observed for the water temperature distribution along the 

height of the storage tank at the end of 6 h, when grid size is 

decreased from fine (6503 elements) to extremely fine (17607 

elements). Similarly, the temperature distribution presents a 
negligibly small deviation for the time steps of 1, 5 and 10 s.  

Therefore, the fine grid and a time step of 5 s are chosen for the 

present study.  

 

SIMULATION BOX-BEHNKEN DESIGN (BBD) 
 
Design Procedure 
The objective of the designed simulations is to formulate a 

correlation between the multiple process parameters in order to 

evaluate the response. Previously, one factor at a time (OFAT) 

approach has been used to assess the effects of process 
parameters on the response. However, OFAT does not consider 

the effect of interaction terms on the response, which leads to 

inefficiency in predicting the quadratic effect of process 

parameters. BBD, an RSM, gives accurate results in a lesser 

number of simulations as compared to other approaches. 

Designed simulations in the BBD approach present the 

advantage of reduced costs and time. In the present study, a 

four-parameter three-level BBD is utilized to assess the effects 

of process parameters and their interactions on the response i.e. 

temperature of the water contained in the tank. The parameters 

considered are (i) charging temperature (A), (ii) ambient 

temperature (B), (iii) Height ratio (C), i.e., ratio of the axial 
height of the point of interest from the top of the tank to the 

total height of the tank, and (iv) storage time ratio (D), i.e., ratio 

of the specific time of interest to the total stand-alone time. 

Three levels are assigned to each process parameter, the levels 

are high, medium, and low, denoted by +1, 0 and -1, 
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respectively. The BBD approach suggests 27 simulation runs 

for the four independent process parameters. The Minitab 

Software Version 19.0 is used to determine the total number of 

simulations. The predicted response (Y) is represented as a 
function of independent process parameters using a second-

order polynomial regression equation, as shown in equation 

(12) [17]. 

  

 

(12)  

 

where,  are the regression coefficients.  and  

are the process parameters. The constant term,  represents 

the intercept when all the values of process parameters ( ) are 

zero.  represent the coefficients associated with the 

linear, square, and interaction effects, respectively. Analysis of 

variance (ANOVA) is carried out to estimate the significance of 

the regression terms.   

 

Development of Correlation 
The coded values, which represent the individual 

levels of the process parameters, are used to perform the 

calculations and the results obtained are decoded to generate 

the response. The coded values for each process parameter are 

determined using equation (13). Based on the coded values for 

every numerical run, a design matrix is created consisting of 

linear, square and interaction terms.   

 
(13)  

 
(14)  

 (15)  
where, e is the value of the process parameter. The design 

matrix is utilized to evaluate the coded coefficients for every 

term in the prediction equation.  

The formulation used to obtain the design matrix and 

coded coefficients for the prediction model has been taken from 

our previous work [10]. The second column of Table 2 presents 

the coded coefficients evaluated for every term (linear, square 
and interaction). Equations (16-18) are used to convert the 

coded coefficients into the uncoded coefficients. 

 

 

(16)  

 

(17)  

 

(18)  

where,  and  are the coefficients of 

linear and interaction terms. Multiplication of uncoded 

coefficients with the corresponding linear or interaction term 

produces the generic prediction model given in equation (12). 

 

Table 2: Coefficients and statistical significance metrics for the 

regression model 
Term Coded coefficient SE Coefficient F-Value P-Value 

Model - - 7583 0 

Constant 68.6 0.119 - 0 

A 19.2883 0.0594 105446.3 0 

B 0.2267 0.0594 14.56 0.002 

C -1.02 0.0594 294.88 0 

D -1 0.0594 283.43 0 

A⨯A 0.0433 0.0891 0.24 0.635 

B⨯B 0.0383 0.0891 21.36 0.047 

C⨯C -0.6992 0.0891 61.58 0 

D⨯D 0.0008 0.0891 0 0.993 

A⨯B 0.003 0.103 0 0.981 

A⨯C -0.36 0.103 12.24 0.004 

A⨯D -0.578 0.103 31.51 0 

B⨯C 0.138 0.103 19.41 0.031 

B⨯D 0.185 0.103 11.23 0.044 

C⨯D 0.028 0.103 0.07 0.794 

 
Predicted Response and Model Summary 

Various metrics, such as error degrees of freedom (Error 

DF), mean square error (MSE), standardized effect coefficients 

(SE Coeff), total sum of squares (i.e., the sum over all the 

squared differences between the observations and their overall 

mean), error sum of squares (i.e., the sum of squares of residual 

values) and Coefficient of determination (R2) are evaluated 

based on the formulations presented by Khurana et al. [10]. The 

fraction of total variation that can be explained by the fitted 

model is represented by the coefficient of determination. A 
100% predicted R2 denotes that the model perfectly reproduces 

the response of the system. On the other hand, 0% predicted R2 

denotes the overfitted model.  

For every simulation, the predicted response values are 

obtained by substituting the values of four process parameters 

and their interaction terms into the prediction equation. Based 

on the results of designed simulation runs and the predicted 

responses, various plots such as versus plot, normal probability 

plot, versus order and Pareto charts can be created to analyze 

the prediction model. The normal probability plot shows the 

distribution of data points. Divergence from the straight line 

suggests a deviation from normality.  

 
Box-Behnken Design 

The numerical simulations designed by BBD are 

executed according to the design matrix created for three levels 

(-1, 0, +1) of the process parameters. The results obtained 

through the designed numerical simulations are analysed using 
the Minitab 19.0 statistical software. The uncoded coefficients 

are obtained from the equations (16-18). Uncoded coefficients 
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are substituted into the equation (12) and a prediction equation 

is formed. The regression equation generated is expressed in 

equation (19). However, analysis of variance (ANOVA) is 

required to evaluate the statistical significance of each term in 
the prediction equation, as every term may not impact the 

response significantly.   

To determine the significance of each term, P-value and F-

value are evaluated for every term in the model. The model 

terms with P-value less than 0.05 are considered as statistically 

significant. Also, the F-value of the model needs to have a 

substantially high value to have an impact on the response. For 

the present model, F-value is obtained as 7583. The high F-

value along with a very low P-value of the model verifies the 

adequacy of the model. Based on the aforesaid criterion and 

ANOVA, the terms A, B, C, D, BB, CC, AC, AD, BC, and BD 
of the model are observed to be statistically significant. 

Equation (19) and (20) exhibit the full-fledged and the reduced 

prediction equations, respectively. The reduced model 

(equation (20)) considers only the significant terms. The 

positive and negative regression coefficients imply that the 

response will increase and decrease, respectively, when the 

specific model term increases from a lower to a higher level. 

The very high F-value negates the possibility of such high 

magnitude occurring from noise. The predicted coefficient of 

determination (R2) of the model is 99.93%, which indicates that 

the full prediction equation has an excessive degree of fit and 

the variations which cannot be explained by the model are only 
0.07%. 

 

(19)  

 

 

(20)  

 

Figure 3 presents the predicted response versus the actual 

response for the 27 simulation runs performed. The actual 

response corresponds to the detailed simulation involving the 
governing equations, whereas the predicted response is 

obtained from the reduced prediction equation (equation (20)). 

The straight line in Figure 3 signifies a reasonably good 

agreement between the prediction model and designed 

simulations. Therefore, the reduced prediction model enables 

reliable depiction of the response variable (working fluid 

temperature) in terms of the four key process parameters.  

NUMERICAL RESULTS AND CASE STUDY 
 

In order to have a deeper insight into the performance of the 

prediction model, a case study has been performed. The 
parameters considered in the case study are as follows: A 

(charging temperature) = 90 °C, B (ambient temperature) = 23 

°C, C (height ratio) is varied between 0 and 1, and D (storage 

time ratio) is varied between 0.027 and 1. 
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Figure 3: Plot of predicted response versus actual response 

 

This specific case is simulated using the governing equations 

(Eq. 1-4) along with initial and boundary conditions (Eq. 5-11). 

Figure 4 shows the volumetric temperature distribution of 

water inside the paraboloidal storage tank at three chosen time 

instants (t = 0 h, 3 h and 6 h). Water loses heat to the ambient 

during stand-alone operation. As the process continues, the cold 

water settles at the bottom, and the hot water rises to the upper 

section of the TES. This movement of water occurs due to the 

difference in densities, leading to the formation of thermal 
stratification in the tank. Two distinct regions form within the 

TES due to thermally induced buoyancy effects. One region is 

represented by a steep temperature gradient, which exists over a 

small length along the height of the lower part of the storage 

tank. Another region, which exists over most of the upper part 

of the storage tank, is represented by almost uniform 

temperature. The thickness of the stratified section increases 

with time owing to the decreased temperature gradient along 

the height of the storage tank. The reduced prediction equation 

(equation (20)) is utilized, to obtain the water temperature 

distribution along the height of the paraboloidal storage tank at 

six different time instants during the stand-alone operation. 
Figure 5 exhibits the axial temperature profiles of water inside 

the TES tank at six different instants of stand-alone operation, 

obtained from the detailed simulations as well as the reduced 

prediction equation (20). The emergence of thermal 

stratification (i.e., development of temperature gradient) is 

noticeable from the axial temperature profiles of water. 

  

 
Figure 4: Water temperature (°C) distribution inside 

paraboloidal storage tank at (a) 0 h, (b) 3 h and c) 6 h. 
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The maximum root-mean-square-error (RMSE) observed 

between the results produced by the detailed simulation and the 

reduced prediction equation is ±0.13 °C. As an illustrative 
example, one fixed set of process parameters is used to evaluate 

the water temperature inside the paraboloidal storage tank at a 

predefined location and specific instant during the stand-alone 

operation. The values of the process parameters used are A=90, 

B= 23, C= 0.6, and D= 0.2. The temperatures obtained through 

the detailed numerical simulations and the reduced prediction 

equation (20) are 88.75 °C and 88.54 °C, respectively. 

Therefore, the deviation associated with the predicted response 

is 0.21 °C.  

The axial water temperature profiles shown in 

Figure 5 depict the evolution of thermal stratification inside the 
paraboloidal storage tank, which is reliably captured by the 

prediction model. The reduced prediction equation is devoid of 

significant computational expenses, and therefore, it can serve 

as an adequately accurate rapid assessment tool for evaluating 

the heat retention capability of the paraboloidal TES tank. 

 

Height (mm)

T
em

p
er

a
tu

re
(o

C
)

0 300 600 900 1200 1500
82

84

86

88

90

Pred model 0hrs
Pred model 1.2hrs
Pred model 2.4hrs
Pred model 3.6hrs
Pred model 4.8hrs
Pred model 6hrs
Num 0hrs
Num 1.2hrs
Num 2.4hrs
Num 3.6hrs
Num 4.8hrs
Num 6hrs

 
Figure 5: Axial variation of water temperature inside 

paraboloidal tank at different instants obtained through 

prediction model and detailed simulations. 

 

CONCLUSION 
 

In this study, a two-dimensional axisymmetric 

numerical model is developed for simulating a paraboloid TES 

tank under stand-alone mode of operation, for a total 

operational duration of 6 h. Formation of temperature gradient 

along the tank height was evident from the simulations. 
Volumetric temperature maps exhibited the formation of 

uniform temperature region and thermocline region along the 

tank height. This can be attributed to the continuous thermal 

losses to the ambient. To facilitate computational economy, a 

prediction model was developed based on designed simulation 

methodology, using a four parameter three-level Box-Behnken 

Design Response Surface Methodology. The developed model 

for the paraboloidal TES considered a wide range of values for 

key operating parameters, charging temperature (50-90 °C) and 

ambient temperature (23-26°C). A reduced prediction equation 

is formed by selecting only the statistically significant terms. 

The reduced equation enables prediction of axial temperature 

profiles with adequate accuracy.  
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ABSTRACT 
Due to their unique heat transfer features, graphite foams are 

used in the current analysis to form heat sinks effective enough 

to dissipate extreme heat generated within high-performance 

electronics. The heat sinks proposed are formed from foamed-

baffles arranged either in parallel or perpendicular to the coolant 

paths through the staggered slots in between to alleviate the 

penalty of pressure drop while maintaining high heat dissipation 

capability. Two different sorts of dielectric coolants namely, air 

and the FC-3283 electronic liquid developed by 3MTM, have 

been utilized to directly dissipate the heat density generated. The 

feasibility of the currently proposed heat sinks has been 

examined numerically based on the volume averaging concept 

of porous media employing the local thermal non-equilibrium 

model to account for interstitial heat exchange between the foam 

solid matrix and the fluid particles flowing across. A wide range 

of design parameters has been tested including the heat sink 

configuration along with structural characteristics of the graphite 

foam used. The impact of operating conditions, including the 

coolant flowrate and the heat flux applied, has also been 

inspected. The currently proposed heat sinks have been found 

efficient to meet the thermal demands of high-performance 

electronics and sweep away the extreme heat generated there 

with reasonable cost of pressure drop, where the proper selection 

of design parameters in light of the operating conditions applied 

can prevent the emergence of hot spots entirely. 

INTRODUCTION 
With the noticeably accelerated development in the 

microelectronic industry and telecommunication technology, 

electronic components used in such devices have become of 

higher performance, lighter weight, and more miniaturized. 

Nowadays, high-power electronic chips are being fabricated in a 

limited space available for heat dissipation, which results in a 

high heat density within electronic components. Accordingly, 

the reliability and safety of such devices will be jeopardized if 

the heat generated within them is not properly controlled. 

Therefore, thermal control has become of increasing importance 

while designing and operating electronic equipment, where it has 

become crucial to innovate more-effective methods capable to 

cool high-performance electronic chips. The key factors desired 

to fulfil in the applications of thermal management are high 

thermal conductivity, high compactness, low weight, and 

reasonable pressure loss. The ORNL graphite foams [1] that 

predominantly possess spherical pores have the potentials to 

fulfil most of such requirements desirable in thermal 

management applications. The thermal conductivity of graphite 

foam ligaments can be up to 1900 W/m·K resulting in effective 

thermal conductivity as high as 180 W/m·K or more, which is 

comparable to the dense aluminium and 80% lighter, not to 

mention the very large surface area available for heat exchange 

within a given volume of the foam, i.e. 5000–50,000 m2/m3 [2]. 

Due to their promising thermal properties, many researchers 

have adopted graphite foams as an effective medium for thermal 

management applications. To name a few, they have been 

utilized successfully in vehicles radiator systems, heat pumps, 

superior-effectiveness compact recuperators, corrosionless heat 

exchangers used in heat recovery from the exhaust gases of 

fossil-fuel powered power plants, and many more [3].  

Due to the very small openings between the foam cells, the 

graphite foam solid matrix exhibits, however, too high resistance 

to fluid flow across it, which in turn may cause extreme pressure 

losses. Thus, increasing attention has been paid during the design 

of thermal systems based on graphite foams to reduce the 

pressure losses while keeping the heat transfer performance at 

desired levels. In this context, a variety of graphite foam 

configurations, e.g. [4] , have been proposed and examined in 

light of the overall performance achieved for electronics cooling, 

where it was pointed out that appropriate configuration of 

graphite foams can present a promising heat sink capable to 

dissipate the heat demanded with relatively low pressure drop. 

Similar findings have been found regarding the use of corrugated 

carbon foam blocks for recuperators [5] as well as the heat 

exchangers formed of baffle, pined, corrugated and wavy 

corrugated graphite foam fins for vehicles applications [6], 

where the thermal performance acquired was improved through 

introducing proper design of graphite foam configurations. 

Motivated by thermal advantages of graphite foams and 

bearing in mind the high pressure drop expected due to them, 

innovative heat sinks to cool high-performance electronic 

equipment are proposed. The configurations suggested have the 

potentials to dissipate excessive thermal loads with affordable 

pressure drop, which to the authors' knowledge have not been 

addressed before.  

MATHEMATICAL FORMULATION 
The overall size of the graphite foam heat sink proposed is 

𝐿𝑠 × 𝑊𝑠 × 𝐻𝑠 = (60𝑚𝑚 × 60𝑚𝑚 × 30𝑚𝑚) and formed of 
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{𝐿𝑏(𝑚𝑚)𝑙𝑜𝑛𝑔 × 𝑊𝑏(𝑚𝑚)𝑡ℎ𝑖𝑐𝑘 × 𝐻𝑏(𝑚𝑚)ℎ𝑖𝑔ℎ} staggered baffles 

extended over a base of height 𝐻𝑏𝑎𝑠𝑒 = 5𝑚𝑚 that is fixed on the 

heated surface. The foam baffles are arranged either 

perpendicularly or in-parallel to the coolant flow direction, as 

illustrated in Figure 1, where five heat sinks of different number 

of foam baffles have been configured with different dimensions 

according to their length-to-width ratio as detailed in Table 1. 

The coolant flow domain has further been extended 20𝑚𝑚 

upstream and 120𝑚𝑚 downstream from the heat sink. 

 
Table 1 Dimensions of foam baffles and clear voids enclosed 

𝐴𝑏 0.2 0.4 1 2.5 5 

𝐵𝑎𝑓𝑓𝑙𝑒𝑠 𝑁𝑜. 90 180 450 180 90 

𝐿𝑏 = 𝐿v (𝑚𝑚) 2 2 2 5 10 

𝑊𝑏 = 𝑊v (𝑚𝑚) 10 5 2 2 2 

 

 

   
Ab =0.2 Ab =0.4 Ab =1 

  
Ab =2.5 Ab =5 

Figure 1 Problem description: the flow domain (up), and 

configuration of the graphite foam heat sinks proposed (down) 

 

The heat and fluid flow domain to be examined is composed 

of two physically different regions, i.e. cooling fluid and graphite 

foam heat sink. The graphite foams used are assumed to be rigid, 

homogeneous, and isotropic with graphite thermal conductivity 

of 1900W m-1 K-1, where their pore geometry are modelled based 

on the spherical void phase (SVP) idealised by Yu et al. [7]. Two 

sorts of dielectric coolants have been used according to the level 

of heat density to be dissipated. For relatively low heat densities 
(𝑞w ∈ (1, 10) 𝑊 𝑐𝑚2⁄ ), the coolant used is air; while the FC-3283 

electronic liquid developed by 3M™ [8] is used to meet thermal 

demands for extremer operating conditions, i.e. 𝑞w ∈

(10, 100) 𝑊 𝑐𝑚2⁄ . Due to the excessive thermal densities 

generated in the high-performance electronics to be examined, 

thermo-physical properties of the coolants used are considered 

temperature-dependent to accord with the wide range expected 

for fluid-temperatures. The coolant flow through the foam 

structures is assumed steady, incompressible, and laminar, where 

the pore-Reynolds number considered has been limited to 

𝑅𝑒𝐷𝑖𝑛
≤ 100 to avoid the onset of transience and/or turbulence 

[9]. Following the volume-averaging approach and taking into 

account the local thermal non-equilibrium between the solid and 

fluid constituents in the representative elemental volume, the 

conservation equations governing the transport of mass, 

momentum, fluid-phase, and solid-phase energy are as follows: 

∇ ∙ (𝜌f𝐯) = 0                     (1) 

∅−2∇ ∙ (𝜌f𝑢i𝐯) = −∇𝑝 + ∅−1𝜇∇2𝑢i − 𝛾(𝜇𝐾−1 +

𝜌f𝑐F𝐾−1 2⁄ |𝐯|)𝑢i                                             (2) 

𝜌f𝑐𝑝(𝐯 ∙ ∇)𝑇f = (1 − 𝛾)𝑘f∇
2𝑇f + 𝛾[(𝑘fe + 𝑘d)∇2𝑇f +

𝑎sfℎsf(𝑇s − 𝑇f)]                              (3) 

0 = 𝑘se∇2𝑇s + 𝑎sfℎsf(𝑇f − 𝑇s)                (4) 

Depending on the parameter 𝛾 and porosity ∅, only a 

particular set of the above compact equations is assigned to the 

relevant zone. In the porous zones, the values of 𝛾 and ∅ are 

respectively set to 1 and graphite foam porosity. Otherwise, they 

are respectively set to zero and 1 in the non-porous zones. The 

foam permeability 𝐾 and inertial coefficient 𝑐𝐹 have been 

computed using the pore-level data by DeGroot and Straatman 

[9]. Effective thermal conductivities of the fluid- 𝑘fe and solid-

phase 𝑘se as well as the specific interstitial heat transfer area 𝑎sf 

have been estimated using the unit cube-based model by Yu et al. 

[7] developed for SVP graphite foams, while the dispersive 

thermal conductivity 𝑘d and the interstitial heat transfer 

coefficient ℎsf have been locally computed following the models 

developed in the above-mentioned pore-level simulations [9].  

Each coolant used is considered to have a uniform velocity 

and temperature at the inlet to the flow domain, i.e. 𝑢𝑖𝑛 =

𝜇𝑅𝑒𝐷𝑖𝑛
(𝜌f𝑖𝑛𝐷)⁄  & 𝑇𝑖𝑛 = 25℃. The baseplate is exposed to a 

uniform heat density ranged respectively from 1 to 10 𝑊 𝑐𝑚2⁄  

and 10 to 100 𝑊 𝑐𝑚2⁄  for air- and FC-3283-cooled heat sinks.  

NUMERICAL METHOD 
The physical domain has been meshed using hexahedral 

elements to form an entirely structured grid, where attention has 

been paid while structuring the solution grid to keep the clear-

porous interfaces conformal everywhere. Also, more grid points 

have been clustered close to the baseplate and clear-porous 

interface surfaces to capture the steep gradients expected there.  

Finite volume method is adopted to discretize the governing 

equations employing second-order upwind scheme for spatial 

discretization of momentum and energy. Based on SIMPLE 

algorithm, heat and fluid flow has been solved iteratively using 

STAR-CCM+ CFD code. To overcome convergence difficulties, 

iterative solution is under-relaxed. Solution convergence is 

checked in terms of the change in each variable at the end of each 

iteration. When convergence criteria are fulfilled, the final 

solution is attained, where the numerical data computed are post-

processed to explore the feasibility of the heat sinks proposed.  
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Validation of Numerical Models 

The validity of the methodology followed has been checked 

by comparing the currently computed data with the experimental 

data reported by Leong et al. [10], as shown in Figure 2. It is 

obvious that the data computed numerically agree fairly well 

with the data recorded experimentally. Thus, there is no concern 

from using the current computational program to track fluid flow 

and heat transfer accurately in the current investigation. 

 

 
Figure 2 Numerically computed pressure drop (up) and Nusselt 

number (down) compared to corresponding experimental data  

RESULTS 
Computations are carried out for a wide range of design and 

operating parameters. Design parameters including baffle length 

to width ratio, foam porosity, and pore size, are respectively 

ranged as 𝐴𝑏 ∈ (0.2~5), ∅ ∈ (0.8~0.9), 𝐷 ∈ (400~ 800)𝜇𝑚. 

The operating conditions including the inlet pore-Reynolds 

number and heat flux are ranged as 𝑅𝑒𝐷𝑖𝑛
∈ (20~100) and 𝑞w ∈

(1~100) 𝑊 𝑐𝑚2⁄  depending on the sort of coolant utilized.  

Impact of Heat Sink Configuration 

Figure 3 summarizes the influence of heat sink configuration 

on Nusselt number, pressure drop, and fraction of mass flowrate 

across the foam structures for air-cooled and FC-3283-cooled 

heat sinks subjected to heat density of 5 and 50 𝑊 𝑐𝑚2⁄ , 

respectively. It can be seen that the heat transfer performance is, 

in general, downgraded with the increase in the baffle length-to-

width ratio (𝐴𝑏). However, such a reduction in heat transfer 

performance is accompanied by a valuable advantage, which is 

the significant saving achieved in pressure drop. Such conflicting 

outcomes can be justified by having a close look at the 

penetration extent of coolant into the porous structures. This is 

done by monitoring the fraction of coolant mass penetrating the 

foam (�̇�foam �̇�total⁄ ). When baffles orientation changes from 

being in-line with the direction of coolant mainstream (𝐴𝑏 > 1) 

to perpendicular to it (𝐴𝑏 < 1), more amount of coolant will 

penetrate the porous baffles carrying more heat away from the 

foam matrix, which in turn improves the cooling effectiveness 

considerably. As further amount of coolant flows via the foam 

pores, further pumping energy is, however, consumed to cope 

with the inevitable boost in pressure loss as a result of 

accelerating the coolant particles passing across the foam baffles. 

 

 
 

Figure 3 Impact of heat sink configuration for 𝑅𝑒𝐷𝑖𝑛
= 100,

∅ = 0.8 & 𝐷 = 400𝜇𝑚 

Influence of Foam Structural Characteristics 

Graphite foam pore-structure is mainly characterized by 

two geometrical parameters, namely the porosity ∅ and pore 

diameter 𝐷. Combined effects of changing the pore diameter and 

baffles aspect ratio on the performance obtained are summarized 

in Figure 4 concerning the Nusselt number as well as pressure 

loss. At first glance, it is anticipated that heat sinks with larger 

pore sizes offer less effective cooling because the specific 

surface area available for solid–fluid interfacial heat exchange 

decreases with the increase of foam pore diameter. However, this 

is not the case found in Figure 4, where it is apparent that heat 

sinks fabricated of foam with larger pores are capable to dissipate 

heat more effectively. This is attributed to the simultaneous 

increase attained in the penetration of coolant into the foam 

matrix. While increasing the size of foam pores, the porous 

matrix becomes more permeable, and hence, less resistant to the 

coolant particles flowing across. Accordingly, more fluid 

particles can be induced to flow inside the foam, which in turn 

makes up the degrade resulting in heat transfer due to the 

reduction in the interstitial heat transfer area. This outcome 

becomes even more interesting when taking into account the 
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significant amount of pressure drop saved. It is also noticed that 

while altering the arrangement of foam baffles, increasing the 

pore size results in an almost identical extent of improvement in 

heat dissipation performance unlike the scenario found for 

pressure loss, which becomes less sensitive to pore size variation 

at higher 𝐴𝑏 ratios. This is attributed to the reduction in the 

coolant penetrating the foam structures as the 𝐴𝑏 increases. 

 
Figure 4 Impact of pore size and baffles arrangement for air-

cooled (up) and FC-3283-cooled heat sinks (down) 
 

The impact of porosity change along with the heat sink 

configuration on the performance attained can be summarized in 

Figure 5 regarding the averaged Nusselt number and 

dimensionless pressure drop for (𝐷 = 400𝜇𝑚) heat sinks cooled 

with a (𝑅𝑒𝐷𝑖𝑛
= 100) coolant stream and subjected to 5 and 

50 𝑊 𝑐𝑚2⁄  heat density for those cooled with air and FC-3283, 

respectively. As the heat dissipation capability, in general, 

deteriorates with the increase of foam porosity due to the 

reduction in the effective thermal conductivity and specific 

interstitial heat transfer area of the foam; there is, however, a 

noticeable saving in pressure drop, which is of great benefit in 

practice, particularly for those systems subjected to mild levels 

of heating. While changing the heat sink configuration, it is also 

observed that the increase in porosity influences the heat transfer 

performance almost identically unlike the response of pressure 

drop, which becomes less sensitive to porosity change in the in-

parallel configured baffles heat sinks. This is due to the reduction 

in the airflow fraction penetrating through the porous structures 

when the baffles length-to-width ratio is increased. 

Impact of Operating Conditions 

Operating conditions play an important role to decide what 

design of heat sinks should be adopted to satisfy optimum 

operation demands. Those conditions are the inlet pore-Reynolds 

number 𝑅𝑒𝐷 and the heat flux applied 𝑞𝑤. A balanced 

combination of these two parameters along with proper design 

conditions is most likely to result in safe operation with 

affordable pressure losses. Figure 6 demonstrates the maximum 

temperature rise ∆𝑇𝑤max
 detected for a particular design and 

operating conditions of both air- and FC-3283-cooled heat sinks. 

In general, heat sinks can respond sufficiently to the thermal 

loads applied as long as being cooled with a strong enough 

coolant stream. As preceded, the heat sinks with foam baffles 

aligned in perpendicular to the coolant mainstream outperform 

those with in-parallel aligned baffles for the corresponding 

operating conditions, where the maximum temperature (𝑇𝑤max
) 

rises remarkably while increasing the 𝐴𝑏 ratio.  

To emphasize how outperforming the suggested heat sinks 

are, they have been compared with traditional air- and water-

cooled techniques [11] in terms of the maximum temperature rise 

∆𝑇𝑤max
 monitored on the baseplate "for a wide range of heat 

densities imposed", as shown in Figure 7. The currently 

suggested heat sinks are capable to get rid of hot spots 

effectively, where the maximum temperature rise monitored for 

a particular thermal load is about one-order of magnitude less 

than it is for the corresponding traditional cooling ways [11]. It 

is further worth mentioning that heat sinks formed of 
(𝐷 = 400𝜇𝑚 & ∅ = 0.8) foam are the only enclosed within the 

design envelope illustrated. So, heat dissipation performance is 

anticipated to either improve or deteriorate with increasing foam 

pore diameter or porosity, respectively, but still outstanding. 

 

Figure 5 Impact of porosity and baffles arrangement for heat 

sinks cooled with air (up) and FC-3283 (down) 
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Figure 6 Impact of operating conditions and baffles design on 

∆𝑇𝑤max
 of heat sinks cooled with air (up) and FC-3283 (down) 

 

 
Figure 7 Maximum temperature rise detected using current 

heat sinks compared to traditional cooling techniques [11] 

Thermohydraulic Performance 

The effectiveness of a heat transfer enhancement technique 

is evaluated using the “Thermal Performance Factor” as follows: 

𝜂 =
𝑁𝑢 𝑁𝑢0⁄

(𝑓 𝑓0⁄ )1 3⁄ =
𝑁𝑢 𝑁𝑢0⁄

(∆𝑃 ∆𝑃0⁄ )1 3⁄                        (5) 

However, the above formulation does not reflect the desire 

to avoid the emergence of local spots heated excessively. 

Therefore, it is favorable to adopt a modified form that takes into 

consideration this crucial criterion as follows:  

𝜂mod. = 𝜂 (
∆𝑇𝑤max

∆𝑇allowed
)

−1

= (
𝑁𝑢 𝑁𝑢0⁄

(∆𝑃 ∆𝑃0⁄ )1 3⁄ ) (
𝑇𝑤max−𝑇𝑖𝑛

∆𝑇allowed
)⁄               (6) 

Where ∆𝑇allowed is the maximum temperature rise allowed. 

Assuming that the maximum temperature 𝑇𝑤max
 is limited to 

125℃, as recommended for junction temperatures in silicon-

based semiconductor devices [11], then the maximum 

temperature rise considered here will be ∆𝑇allowed = 100℃. So, 

as long as the modified thermal performance factor (𝜂mod.) is 

higher than or equal to the traditional one (𝜂), the designed 

system may run under safe operating conditions. 

Figure 8 summarizes the performance achieved using the 

heat sinks configurations proposed with various pore diameters. 

Heat densities applied to (𝑅𝑒𝑝𝑖𝑛
= 100) air-cooled and FC-3283-

cooled heat sinks are (5 𝑊 𝑐𝑚2⁄ ) and (50 𝑊 𝑐𝑚2⁄ ), respectively. 

System performance, in general, improves while increasing pore 

size due to the enhancement acquired in heat transfer 

accompanied by significant saving in pressure drop. At first 

glance, it is apparent that the overall performance improves with 

increase in the (𝐴𝑏) ratio. However, the modified form of 

thermal performance factor 𝜂mod. exhibits a different trend, 

where (𝐴𝑏 = 1) air-cooled heat sinks outperform with the 

increase of pore size unlike the (𝐴𝑏 = 5) ones that become less 

efficient, while the FC-3283-cooled heat sinks formed of 

perpendicular-to-flow baffles outperform those formed of 

parallel-to-flow baffles. This is due to the differences in response 

to the thermal load applied, where heat sink formed of in-parallel 

aligned baffles responds modestly to the heat flux imposed 

although it causes no excessive losses in pressure as it is the case 

with heat sinks configured of perpendicularly aligned baffles. 

The effect of foam porosity on the overall performance is 

illustrated in Figure 9. In general, the performance factor 

deteriorates while increasing the foam porosity due to the 

reduction in the heat sink ability to dissipate heat effectively 

despite the saving acquired in pressure drop. It is also observed 

that heat sinks with higher (𝐴𝑏) ratios have, in general, better 𝜂 

values due to the slight drop recorded in pressure regardless of 

their relatively poor ability to dissipate heat. Based on the 

modified performance factor (𝜂mod.), which gives a more 

realistic insight into the gross performance attained, heat sinks 

with higher (𝐴𝑏) ratios exhibit a worse performance than other 

configurations due to their poor capability to dissipate heat 

sufficiently, which allows hot spots to arise on the chip surface.  

Overall, heat sinks with (𝐴𝑏 = 0.2) configuration and 

formed of foam with low porosity and large pores, i.e. ∅ =
0.8 & 𝐷 = 800𝜇𝑚, mostly exhibit the best performance to be 

fulfilled in high-performance electronics as they are capable to 

dissipate extreme heat generated there regardless of the 

relatively high-pressure drop resulted. 
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Figure 8 Thermal performance response to foam pore size of 

air-cooled (up) and FC-3283-cooled (down) heat sinks  

 

 
Figure 9 Thermal performance response to foam porosity of 

air-cooled (up) and FC-3283-cooled (down) heat sinks  

CONCLUSION  
Highly-conductive graphite foam has been used to 

effectively dissipate the heat generated in electronic 

components. The air- and FC-3283-cooled heat sinks suggested 

have been configured from staggered foamed-baffles arranged 

either in parallel or perpendicular to the coolant paths through 

the slots in between to reduce the pressure drop. The 

performance of the currently proposed heat sinks has been 

examined numerically based on the volume averaging concept 

of porous media, with employing the local thermal non-

equilibrium model to account for the interstitial heat exchange 

between the foam solid matrix and the fluid particles flowing 

across. STAR-CCM+ CFD code has been utilized to implement 

the iterative solution based on the SIMPLE algorithm. A wide 

range of design and operating conditions parameters have been 

tested including the heat sink configuration, foam structural 

characteristics, inlet coolant flowrate, and heat flux applied. The 

results computed indicate that heat sink capability to dissipate 

heat can be improved either with increasing the foam pore size 

or decreasing the foam porosity and/or the (𝐴𝑏) ratio. Significant 

amount of pressure drop can, on the other hand, be saved while 

increasing any of the foam porosity, pore diameter, or (𝐴𝑏) ratio. 

The currently proposed heat sinks have been found efficient to 

meet the extremely thermal demands of high-performance 

electronics with reasonable pressure drop, where hot spots can 

be eliminated with proper manipulation of design conditions. 
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ABSTRACT 

The flow around and heat transfer from multiple prisms are 

frequently seen in engineering applications, although relevant 

studies are mostly limited to simple geometries with two prisms 

in tandem, side-by-side or staggered arrangements. In this 

study, a system of nine square prisms in a 3 × 3 arrangement is 

numerically investigated for prism spacing-to-width ratio L/d = 

1.2 – 7.0 at a Reynolds number of 150. We shed light on the 

effect of L/d on flow structure, fluid forces, heat transfer, vortex 

shedding, and recirculation bubbles, where only the center 

prism is heated. The increase in L/d from 1.2 to 7.0 leads to the 

formation of five types of flows, including single bluff body 

flow (L/d < 1.6), reattachment flow (1.6 < L/d < 3.3), lateral-

interaction-induced coshedding flow (3.3 < L/d < 4.1), mixed 

flow (4.1 < L/d < 4.6) and free coshedding flow (4.6 < L/d < 

7.0). The reattachment flow corresponds to small fluid forces 

while the lateral-interaction-induced coshedding flow induces 

large fluid forces. The maximum heat transfer from the center 

prism occurs for the lateral-interaction-induced coshedding 

flow where no recirculation bubble forming on the front or rear 

surface of the prism. The gap recirculation bubble plays a 

predominant role in the heat transfer from the front surface. The 

coherence between heat transfer and flow patterns, including 

the impacts of shear layer reattachment, flow recirculation, and 

vortex shedding on heat transfer is imparted. 

INTRODUCTION 

Engineering structures generally appear in a group. Fluid 

dynamics around and heat transfer from the structures are 

crucial for the design of the structures. In the past, two circular 

or square cylinders arranged in tandem [1], side-by-side [2] or 

staggered [3] have been studied, and it was found that the 

associated flow features are far more abundant compared to a 

single isolated structure [4].  

Alam et al. [5] performed a systematic study on the flow 

field, Strouhal number, and fluid forces on the prisms at 

spacing ratio L/d = 1.02 – 6.0, where L is the center-to-center 

spacing between the prisms, d is the prism width, and Re is 

based on the freestream velocity U∞ and d. Four distinct flow 

regimes were observed: single-body regime (L/d < 1.3), two-

frequency regime (1.3 < L/d < 2.2), transition regime (2.2 < L/d 

< 3.0) and coupled vortex street regime (1.3 < L/d < 6). 

Sakamoto et al. [6] measured the fluctuating forces acting on 

two tandem prisms at L/d = 1.5 – 40 and identified three flow 

regimes based on the variation in Strouhal number. As the 

number of side-by-side or tandem prisms increases further, 

more complex flow structures have been observed. In spite of 

their significance in various engineering applications, flows and 

heat transfer around a prism array, which may include multiple 

rows and columns, have not received sufficient attention. Their 

behaviours cannot be predicted from previous studies of 

simplified structure arrangement. In this study, the flow and 

heat transfer around prism arrays arranged in a 3 × 3 

configuration are examined at different L/d. The objective of 

the study is to gain a comprehensive understanding of the 

evolvement of the flow and heat transfer around prisms with 

multiple rows and columns so that the combined effect of both 

streamwise and lateral interactions can be considered for a 

more realistic prediction of the flow and heat transfer in 

practical applications.  

NUMERICAL METHOD 

The two-dimensional incompressible Navier-Stokes and 

energy equations are adopted to describe the flow and heat 

transfer of the present problem. The equations are solved 

numerically at a Reynolds number of 150, with the PISO 

algorithm applied for the pressure-velocity coupling. A second-

order upwind differencing scheme is used for the discretisation 

of the convection term and a second-order implicit forward 

scheme is used for the time marching. 
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Figure 1. (a) Computational domain and arrangement of nine 

prisms in 3 × 3 configurations. (b) Grid distributions in the 

vicinity of prism surfaces. 
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The schematic of the computational domain is shown in Figure 

1(a), where the direction of the x-coordinate is the same as the 

freestream direction and both the x- and y-coordinates are non-

dimensionalized with respect to the width of the prism, d. The 

flow inlet and outlet sections are set to be Lu = 45d and Ld = 90d, 

respectively. The width of the computational domain is set to be 

85d. At the inlet, a uniform velocity profile is imposed. 

Symmetric boundaries are employed on the upper and lower 

lateral boundaries. No-slip conditions are applied to all surfaces of 

the prisms. The surfaces of the center prism (prism 5) are heated 

and maintain a constant temperature. All other prisms have 

adiabatic walls. The Prandtl number of the fluid is set to be 0.7. 

The grid distribution of a typical mesh in the vicinity of the prism 

is shown in Figure 1(b), where a structured grid is used, with finer 

grids around the prisms. A grid independence study is carried out, 

in which the time-averaged drag coefficient 
DC , fluctuating lift 

coefficient 
LC′ , and St are computed and compared for different 

grid numbers. Relevant results are listed in Table 1.  

Table 1 Results for single prism with different grid numbers 

Mesh DC  DC′  
LC′  St 

N = 60k;  = 0.1558 1.5012 0.0174 0.2992 0.1544 

N = 121k;  = 0.0779 1.4832 0.0167 0.2773 0.1579 

N = 200k;  = 0.0390 1.4790 0.0159 0.2799 0.1584 

 

As the grid number increases from N = 121,000 to 200,000 and 

the corresponding dimensionless time-step reduces from   = 

0.0779 to 0.0390, the relative variations of the above parameters 

are within 1%. It can thus be said that the mesh and time-step 

independence is achieved at N = 121,000 and   = 0.0779. For 

this grid system, the number of nodes on each side of the prism is 

90 and the distance between the first grid and surface is 0.00333d. 

 

Table 2 Comparison of simulated force coefficients and 

Strouhal Number of a single prism with literature data at Re = 

150 

Parameter DC  LC′  St 

Present 1.4832 0.2773 0.1579 

Saha et al. [7]  – 0.2740 – 

Kumar et al. [8] 1.5296 – 0.1579 

Zafar and Alam [9] 1.4920 0.2710 0.1549 

Abdelhamid et al. [10] 1.4920 0.271 0.1549 

VALIDATION OF NUMERICAL MODELS 

The validity of the numerical model is further tested by 

conducting simulations of the flow and heat transfer around a 

single prism. Table 2 list predicted DC , 
LC′ , and St and 

compares them with those in the literature. The deviations of 

DC , 
LC′ , and St between the present and literature results are 

found to be less than 1%, 2%, and 2%, respectively, indicating 

that the current model can accurately predict fluid forces and 

vortex shedding frequency. The Nusselt numbers for different 

surfaces (Nufront, Nuside, Nurear) and the whole prism (Nu) are 

listed in table 3 and compared with the corresponding results in 

the literature. The predicted Nusselt numbers concur well with 

the literature values, the maximum deviation being less than 

1% although the difference in the results for the rear surface is 

relatively large, about 5%. For more detailed validation, kindly 

refer to Zafar and Alam [9], Alam et al. [39], and Abdelhamid 

et al. [10]. 

Table 3 Time-averaged Nusselt Numbers for different surfaces 

(Nufront, Nuside, Nurear) and the whole prism (Nu) at Re = 150 

Parameter Nufront Nuside Nurear Nu 

Present 9.1938 3.7823 2.6782 4.8591 

Sharma & Eswaran [11] 9.1202 3.7954 2.5227 4.8343 

Sahu et al. [12] 8.9700 3.7500 2.6200 4.8531 

FLOW STRUCTURES 

Based on the evolvement of flow structure, forces, Strouhal 

number and Nusselt number at L/d = 1.2-7.0, the following 

five distinct flow regimes were identified: single bluff body 

flow (Regime A, L/d < 1.6), reattachment flow (Regime B, 

1.6 < L/d < 3.3), lateral-interaction-induced coshedding 

flow (Regime C, 3.3 < L/d < 4.1), mixed (coshedding + 

reattachment) flow (Regime D, 4.1 < L/d < 4.6) and free 

coshedding flow (Regime E, 4.6 < L/d < 7.0). Typical 

vorticity structures and time-mean streamwise velocity *u  
fields for each flow regime are presented in Figs. 2 and 3. 

 Single bluff body flow (L/d < 1.6): Because of the small 

L/d, all nine prisms act as a single prism, while the vortex 

shedding occurs alternately from the upper and lower 

sides of the combined body (Figure 2a). The flow thus 

features a single bluff body scenario. The flows through 

the streamwise gaps between the three rows of prisms are 

negligible, not sufficiently pronounced to impact on the 

vortex shedding from the freestream sides of the 

combined body. The wake region enclosed by *u  = 0 is 

known as the wake recirculation bubble (Figure 2b). The 
*u  in the streamwise gaps of the prisms is nearly zero.  

Reattachment flow (1.6 < L/d < 3.3): The gap flows are 

now strong enough to shed vortices (Figure 2c, d). Vortex 

shedding occurs from the three rows of the prisms, with 

the freestream-side shear layers separating the upstream 

prism and gap-side shear layers from the downstream 

prism. Three vortex streets form in the first few spatial 

wavelengths of vortices and then evolve into a single 

vortex street downstream. The vortex shedding pattern 

becomes chaotic because of strong interaction between 

the three streets which leads to the transmutation of three 

streets into a single street. The *u  fields shown in Figure 

2(d) reveal that *u in the streamwise gaps is comparable 

to that in the freestream sides. The *u  firstly increases in 

the gaps of the first-column prisms but reduces in the 
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streamwise gaps of the second- and third-column prisms. 

The formations of three small recirculation bubbles 

behind the three downstream prisms (third-column 

prisms) confirm the generations of three vortex streets 

following the three rows of the prisms.  

Lateral-interaction-induced coshedding flow (3.3 < L/d 

< 4.1): Now vortex shedding occurs from each of all the 

nine prisms. The vortices from the first- and second-

column prisms impinge on the front surfaces of the 

second- and third-column prisms, respectively. Because 

of the impingements, the vortex shedding from the 

second-column prisms expands laterally, compared to that 

from the first-column prisms. As such, the third-column 

prisms have further laterally expanded vortex shedding, 

particularly from the freestream sides of the outer prisms.  

Mixed (coshedding + reattachment) flow (4.1 < L/d < 

4.6): The flow pattern in this regime includes a 

combination of coshedding and reattachment flows for 

the outer- and middle-row prisms, respectively (Figure 

3a, b). The vortex shedding occurs from each prism in the 

upper and lower rows while the shear layers of the 

upstream prism in the middle row reattach on the 

following prism. The second and third prisms in the 

middle row, however, have coshedding flow. The 

occurrence of the reattachment and coshedding flows is 

also further confirmed from the *u field. The recirculation 

bubble in the gap between prisms 2 and 5 is strong, large, 

and extended up to the front surface of prism 5, which is 

starkly different from that in other gaps. The extended 

recirculation bubble in the gap between prisms 2 and 5 

substantiates the reattachment flow. The lateral 

interactions between the three rows of prisms are still 

considerable as the *u  field in the two streamwise gaps is 

different from that in the freestream sides.  

Free coshedding flow (4.6 < L/d < 7.0): The lateral 

interactions between the three rows of prisms are not 

enough to generate reattachment flow anymore (Figure 

3c, d). All three rows of prisms thus have coshedding 

Figure 2. (a, c, e) Contours of instantaneous vorticity. (b, d, f) Time–averaged streamwise velocity . (a, b) 

L/d = 1.2 (regime A); (c, d) L/d = 2.0 (regime B); and (e, f) L/d = 3.5 (regime C).
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flows. The recirculation bubbles behind the three prisms 

of a column are similar to each other, explaining that the 

lateral interactions between the prism rows are 

insignificant, which engenders free coshedding flow.  

3.2 3.6 4.0 4.4 4.8 5.2 5.6 6.0 6.4 6.8
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Figure 4. Nondimensional vortex formation length Lf

* and 

wake width w* for prism 5 at different L/d. 

WAKE WIDTH AND FORMATION LENGTH 

The effect of L/d on wake width (w*) and vortex 

formation length (Lf
*) for prism 5 are shown in Figure 4. 

Given that Lf
* and w* are obtained from fluctuating 

streamwise velocity contours in the wake, they are 

meaningful for a prism where vortex shedding from the 

concerned prism occurs, e.g. regimes C, D and E. The w*  

drops between Regimes C and D and jumps between 

Regimes D and E. In Regime E, the w* grows with 

increasing L/d while Lf
* declines. The dependence of Lf

* 

on L/d is opposite to that of w*. The Lf
* leaps between 

Regimes C and D while it drops between Regimes D and 

E. The mixed flow is characterised by a longer vortex 

formation length, and the other two coshedding flow 

regimes (C and E) have comparable Lf
*. In other words, 

w* and Lf
* are inversely connected. 

TIME-MEAN DRAG FORCE 

The dependences of DC  on L/d for different prisms 

are presented in Figure 5. Since the upper-row prisms 

have the same time-mean forces as the lower-row prisms, 

results for the lower-row prisms are not presented.  The 

horizontal dashed line stands for the DC  of a single 

isolated prism. In Regime A, the prisms in the first 

column (prisms 1, 2) have higher DC  values than the 

single prism. It results from low pressure generated in the 

gap between first- and second-column prisms. This effect 

diminishes in Regime B. In Regimes C and D, the DC  of 

prisms 1 and 2 is higher and lower than that of the single 

prism. Prisms 4 and 5 undergo different DC  from the 

single prism. Since prisms 4 and 5 are in the wakes of the 

first-column prisms, the pressure on their front faces is 

significantly smaller than the first-column prism 

counterpart, which yields smaller DC  in Regimes A and B 

involving single-body and reattachment flows, 
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Figure 3. (a, b) Contours of instantaneous vorticity. (c, d) Time–averaged streamwise velocity . (a, b) L/d = 

4.2 (regime D); (c, d) L/d = 4.8 (regime E).
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respectively. The DC  of the two prisms is large in 

Regimes C and E both involving coshedding flows. Prism 

4, however, experiences a higher DC  in Regime D than 

prism 5 as the flow over the first-row prisms is 

coshedding but that over prisms 2 and 5 is reattached. In 

the same flow regime, prism 8 has a higher DC  than prism 

5 since the flow between prisms 5 and 8 is coshedding. 

There is a dramatic change in DC  at the borders between 

Regimes C and D and between Regimes D and E. In 

Regime E where the prisms are apart from each other, the 

DC  dramatically plunges from the first-column prisms to 

the second-column prisms and then to the third-column 

prisms. The drop between the first- and second-column 

prisms is about 35% (L/d > 5.5), and that between the 

second- and third-column prisms is 68%. 
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Figure 5. Time-averaged drag coefficients of different prisms 

at different L/d. The vertical dashed-dotted lines are the 

boundaries of different flow regimes. The horizontal dashed 

line represents the data for a standalone (single) prism. 
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Figure 6. Dependence of St on L/d. The horizontal dashed line 

represents the St of the standalone prism 

STROUHAL NUMBER 

Figure 6 illustrates the dependence of Strouhal 

number St of each prism on L/d. All prisms have the same 

St (= 0.045) in Regime A. This value is about 3.5 times 

smaller than that (= 0.168) of the standalone prism 

because of the effective bluff width of the three prisms to 

be more than three times the single prism width. In 

Regime B, the St is not the same for all prisms. Prism 8 

has a higher St at L/d = 2 and 2.5 compared to the other 

prisms in the same row (prisms 2 and 5) and prisms in the 

first row (prisms 1, 4, and 7). As L/d is increased to 3.0 

and 3.2, the entire second-row prisms possess the same 

St, higher than the first-row prisms. Again, identical St is 

observed for all prisms in Regimes C and D, largely 

associated with the coshedding flow, as the reattachment 

flow occurring between prisms 2 and 5 only at Regime D 

does not contribute much to the entire flow. In Regime E, 

the St of all prisms in the second row is the same, slightly 

higher than that in the first row.  

NUSSELT NUMBER 

The Effect of L/d on time- and surface-averaged 

Nusselt number (Nu) for prism 5 and its surfaces. The Nu 

for the front and rear surfaces increases in Regimes A and 

B, followed by a jump at the transition between Regimes 

B and C. It remaining more or less constant in Regime C 

dips at the transition between Regimes C and D before 

leaping at the transition between Regimes D and E. On 

the other hand, Nu dips when the flow change occurs 

oppositely, from coshedding to mixed. The Nu for the 

side (top and bottom) surfaces does not show a significant 

jump or dip associated with the flow change but does 

with the absence and presence of the flow in the 

streamwise gaps, see the Nu jump between L/d = 1.2 and 

1.5. The Nu of the rear surface is much smaller than that 

of the front and side surface. The coshedding flow 

provides the largest Nu on the front surface, about 1.5 and 

3 times that on the side and rear surfaces, respectively.  

Contributed largely by the front surface, the overall 

Nu is maximum in Regimes C and E. Particularly at 

regime C, the Nu is about 10% higher than that of the 

single prism. The magnitudes of Nu are similar in 

Regimes B and D, with the flow between prisms 2 and 5 

being of reattachment for both regimes. This explains 

why the Nu magnitudes are similar in the two regimes. 

Compared to that of a single prism, the Nu of prism 5 is 

high in Regime C and low in Regimes A, B and D. That 

is, the interaction of flow structures between different 

prisms can either enhance or reduce the heat transfer 

performance, depending on the types of the interaction. It 

is worth explaining why the Nu of prism 5 is high in 

Regime C. It is understood that the high Nu stems from 
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the enhancement of heat transfer on the front and rear 

surface of the prism. For this flow regime, none of these 

two surfaces undergoes recirculation bubble, the flow 

around the prism resembling a creeping flow. Since the 

flow is attached on all the surfaces of the prism, the 

boundary layer flow over the surfaces can extract more 

heat from the prism.  
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Figure 7. Time-averaged Nusselt numbers of prism 5 and its 

different surfaces at different L/d 

CONCLUSIONS 

The flow and heat transfer around nine square prisms 

in a 3 × 3 array are investigated for L/d = 1.2 – 7.0 at Re = 

150. As L/d varies from 1.2 to 7.0, five flow regimes are 

identified, each having distinct flow features and a 

distinct range of L/d. They are single bluff body flow 

(Regime A, L/d < 1.6), reattachment flow (Regime B, 1.6 

< L/d < 3.3), lateral-interaction-induced coshedding flow 

(Regime C, 3.3 < L/d < 4.1), mixed (reattachment + 

coshedding) flow (Regime D, 4.1 < L/d < 4.6) and free 

coshedding flow (Regime E, 4.6 < L/d < 7.0).  

The DC  is small in the reattachment flow regime and 

large in the lateral-interaction-induced coshedding flow. 

The flow transition from reattachment to coshedding is 

accompanied by a drastic rise in DC . When L/d (= 5.5-

7.0) is sufficiently large (free coshedding flow), the DC  

drops by 35% from the first-column prisms to the second-

column prisms and by 68% from the second-column 

prisms to the third-column prisms. The vortex formation 

length of the center prism leaps between the lateral-

interaction-induced coshedding flow and mixed flow 

while it dips between the mixed flow and free coshedding 

flow. The wake width varies oppositely to the vortex 

formation length. All prisms have the same St for the 

single bluff body flow, lateral-interaction-induced 

coshedding flow and mixed flow regimes. In the case of 

the free coshedding flow, the St of the prisms in the 

second row is higher than that in the first row.  

The Nusselt number of the center prism is maximum 

in the lateral-interaction-induced coshedding flow regime 

where the flow around this prism resembles a creeping 

flow; it is about 10% higher than that of an isolated 

prism. The heat transfer jumps when the reattachment 

flow modifies to the lateral-interaction-induced 

coshedding flow.  
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ABSTRACT 
Supercritical CO2 Brayton cycle systems have emerged as a 

promising option for power generation, in particular at lager 

scales, where it is necessary to adopt series or parallel heat-

exchanger arrangements in order to achieve large amounts of 

heat exchange. In this work, a variety of heat exchanger 

arrangement schemes (series, parallel, and hybrid) are proposed 

and explored in the context of supercritical CO2 Brayton cycle 

systems. The results show that the heat load depends not only on 

the values of key parameters (thermal conductance, temperature 

difference, etc.), but also on their distribution coordination. 

Moreover, the whole coordination can be improved via suitably 

adjusting the flow fraction among the heat exchangers, 

eventually improving the overall heat load. An appropriate 

adjustment of the flow fraction in heat exchangers that are in 

series/parallel is preferable to improving the match between the 

hot and cold fluids, leading to a decrease in the thermodynamic 

irreversibility. Taking the generally recognised supercritical CO2 

recompression Brayton cycle systems as a focal point for our 

analysis, it is found that the optimal split ratio ranges from 0.3 to 

0.5, which is in line with results reported in literature. The 

optimal split ratio improves the distribution coordination of the 

parameters in the low-temperature recuperator, eventually 

reducing the irreversible loss. The present work provides 

valuable guidance to the design and optimisation of heat 

exchanger arrangements for supercritical CO2 Brayton cycle 

systems as well as other relevant systems. 

INTRODUCTION 
Supercritical CO2 (sCO2) Brayton-cycle (BC) systems have 

emerged as a promising option for power generation from 

nuclear, solar energy, etc., thanks to the advantages of high 

efficiency and system compactness [1-4]. As one of the key 

components, heat exchangers play a vital role in stable 

operation and thermal performance of the system, which also 

account for a large portion of its total cost [5]. Heat exchanger 

design and optimisation is one of the most important steps in 

the development and application of sCO2 BC systems. It is 

acknowledged that the thermophysical properties of 

supercritical CO2 change drastically near the critical point, 

leading to complicated heat transfer and flow characteristics, 

where the traditional design methods are no longer applicable. 

The segmental/piecewise heat exchanger design method has 

been developed to capture the variations in the thermophysical 

properties [6,7]. Inspired by the field synergy principle, the 

novel coordination method based on the vector analysis was 

proposed in Refs. [8,9] for sCO2 heat exchangers. In this 

method, along with values of the key parameters (such as 

temperature difference and thermal conductance), the 

distribution coordination has a significant influence on the heat 

transfer performance over the whole heat exchange region. It is 

demonstrated that a better distribution coordination leads to a 

higher heat load in heat exchangers, offering a new approach to 

the optimisation of sCO2 heat exchangers. 

Printed circuit heat exchanger (PCHE) has appeared as one 

of the most promising options for sCO2 BC systems, due to its 

high temperature and pressure resistance and compact structure. 

Size and volume of an individual PCHE core are much smaller 

than those for conventional heat exchangers and, hence, 

multiple PCHEs are generally used in practice as series/parallel 

arrangements, especially at large scales. However, individual 

heat exchanger is considered in most studies available in 

literature, and there remains a research gap to analyse the 

performance of multiple heat exchangers with different 

arrangements. The arrangements consisting of two crossflow 

heat exchangers in series were discussed in our previous article 

[7] showing nonuniformity of the parameters (especially

temperature) in transverse directions. Thus, the performance of

the two heat exchangers in series is mainly affected by both

non-uniform inlet/outlet conditions of the second/first heat

exchanger. Counterflow heat exchangers (in series or parallel)

are, however, more common in practical applications, which

can meet high heat-load requirements. The physical mechanism

of the counterflow heat exchangers is different from the

crossflow ones. So, in theoretical analysis of this type of heat

exchangers, a uniform distribution of the governing parameters

in the transverse directions is usually adopted. In this paper, we

focus on counterflow heat exchangers in series/parallel.

Distribution of the key parameters in each of them and an

influence of the distributed regularity on the heat transfer

performance are analysed in detail. The results and findings

provide a practical guidance on optimisation and arrangement

of heat exchangers in sCO2 BC systems.
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NOMENCLATURE 
 

c  Constant 

cf  Friction factor 

cp [J/kg·K] Specific heat 

deq [m] Equivalent diameter 
L [m] Length  

m  [kg/s] Mass flow rate (kg/s) 

N  Number of heat exchange units 

Nu  Nusselt number 

Pr  Prandtl number 
q [W] Local heat flux rate 

Q [W] Overall heat transfer rate 
Re  Reynolds number 

Rsp  Split ratio 

S [m2] Heat transfer area 
Sg [W/K] Entropy generation 

T [K] Temperature 
U [W/m2·K] Thermal conductance/heat transfer coefficient 

Utot  Thermal conductance vector 

 

Special characters 

ΔP [Pa] Pressure drop 
ΔT [K] The vector of local temperature difference 

δ [m] Wall thickness 

α [rad] 
Coordination angle between the thermal conductance 
and temperature difference 

λ [W/m·K] Thermal conductivity 
 

Subscripts 

a  Average 
c  Cold 

f  Fluid 
h  Hot 

i  Inlet 

o  Outlet 
tot  Total 

w  Wall 
 

Abbreviations 

BC  Brayton cycle 
PCHE  Printed circuit heat exchanger 

sCO2  Supercritical CO2 

MODELLING METHODOLOGY 
The thermophysical properties are usually assumed to be 

constant in conventional heat exchanger design methods, which 

is no longer applicable to sCO2 heat exchangers due to drastic 

variations in the thermophysical properties. The piecewise design 

method reported in Ref. [6,10] is employed in this study, in which 

a heat exchanger is divided into N sub-heat exchange units, and 

parameters including thermal conductance and temperature 

difference can be written in vector forms: 

tot,1 tot,2 tot, tot,, , , ,j NU U U U =  tot
U ,                                         (1) 

1 2, , , , ,j NT T T T =     ΔT ,                                           (2) 

where Utot,j represents the thermal conductance of the jth sub-

heat exchange unit, and ΔTj is the temperature difference of the 

jth sub-heat exchange unit. The Nusselt number can be 

estimated by the Gnielinski correlation [11]: 

( )

( )

f

2/3

f

1000
8

1 12.7 8 1
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c
Re Pr

Nu
c Pr

−

=
+ −

,                                               (3) 
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( )
2

f 1.82lg 1.64c Re
−

= −   ,                                                   (4) 

where Re is the Reynolds number and Pr is the Prandtl number. 

The total thermal conductance can be calculated from: 

f
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U

d
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1 1
U

U U

−

 
= + + 
 




,                                        (5) 

where λ is the thermal conductivity, subscripts h, c, w, and f 

represent hot fluid, cold fluid, wall, and fluid, respectively, deq 

is the equivalent diameter of flow channel, and δw is the wall 

thickness, Uh and Uc denote heat transfer coefficient in hot and 

cold sides. 

Assume that the total heat transfer area is divided equally in 

the heat exchange units, the local heat transfer rate of the jth 

heat exchange unit can be calculated from: 

tot
tot,j j j

S
q U T

N
=  ,                                                                 (6) 

where Stot represents the total heat transfer area. 

The total heat load of the heat exchanger can be calculated 

from: 

tot tot
tot

tot tot tot tot
tot,1 1 tot,2 2 tot, tot,

, T

j j N N

S S
Q

N N

S S S S
U T U T U T U T

N N N N

=  = 

=  +  +  + 

tot tot
U ΔT U ΔT ,   (7) 

where the angle brackets are inner production of the two 

vectors, which could be further expanded according to the 

Cauchy-Schwarz inequality: 

2 2

tot, tot,

1 1 1

, , ,
N N N

j j j j

j j j

U T U T
= = =

=    =    tot tot tot
U ΔT U U ΔT ΔT , (8) 

From Eq. (8), the following inequality can be obtained: 

,
cos 1

, ,
 = 



tot

tot tot

U ΔT

U U ΔT ΔT
,                                      (9) 

where α is the coordination angle between the two N-

dimensional vectors of tot
U and ΔT . 

Therefore, the total heat load of the heat exchanger in Eq. 

(7) can be expressed as: 

tot tot

tot , cos
S S

Q
N N

=  =  
tot tot

U ΔT U ΔT  ,                    (10) 

which indicates that the total heat load of a heat exchanger is 

also related to the distributed coordination (or matching) of the 

thermal conductance and temperature difference, in addition to 

their values. 

HEAT EXCHANGER LAYOUT SCHEMES ANALYSIS 
The four series/parallel schemes consisting of three heat 

exchangers are considered in the present paper, as shown in 

Figure 1. The three heat exchangers are connected in series in 

Scheme (Ⅰ), and in parallel in Scheme (Ⅱ) with the mass flow rate 

equally split in the three heat exchangers. In Scheme (Ⅲ) and 

Scheme (Ⅳ), the hot fluid flows from Heat Exchanger 1 (HX1) 

to Heat Exchanger 3 (HX3) in series, while the cold fluid is in 

parallel, with the mass flow rate of the cold fluid split in fractions 

of 3:2:1 from HX1 to HX3 in Scheme (Ⅲ) and 3:1:2 in Scheme 

(Ⅳ). The length of each heat exchanger is fixed at 0.8 m, and the 

operating parameters are summarised in Table 1. Supercritical 
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CO2 is employed as the working fluid on both sides, with 

thermophysical properties obtained from Ref. [12]. 

The total heat load Qtot and average coordination angle α 

between the total thermal conductance Utot and temperature 

difference ΔT in the four schemes are shown in Figure 2. 

Clearly, the highest Qtot is achieved in Scheme (Ⅰ), followed by 

Scheme (Ⅱ) and (Ⅳ), while Scheme (Ⅲ) has the lowest Qtot. It 

can be seen from Figure 2(b) that the lowest αa is obtained in 

Scheme (Ⅰ), followed by Schemes (Ⅱ) and (Ⅳ), and Scheme 

(Ⅲ) has the highest αa. Figure 2 indicates that the smallest αa 

corresponds to the highest Qtot, which, in turn, confirms that 

Qtot is related to the distributed coordination between Utot and 

ΔT. 

 

 
Scheme (Ⅰ): Heat exchangers in series 

 

 
Scheme (Ⅱ): Heat exchangers in parallel with mass flow of hot and 

cold fluids split into 1:1:1 from HX1 to HX3 

 

 
Scheme (Ⅲ): Heat exchangers in series with mass flow of cold fluid 

split into 3:2:1 from HX1 to HX3 

 

 
Scheme (Ⅳ): Heat exchangers in series with mass flow of cold fluid 

split into 3:1:2 from HX1 to HX3 

 

Figure 1 Arrangement schemes of the three heat exchangers. 

 

Table 1 Operating conditions for the heat exchangers. 

Parameters values 

Inlet temperature of hot fluid, ℃ 80 

Inlet pressure of hot fluid, MPa 10 

Inlet temperature of cold fluid, ℃ 40 

Inlet pressure of cold fluid, MPa 12.4 

Total mass flow rate of hot fluid, kg/s 0.6 

Total mass flow rate of cold fluid, kg/s 0.6 

The length of each heat exchanger, m 0.8 

 

Distributions of Utot and ΔT from HX1 to HX3 along the 

flow direction of the hot fluid are presented in Figure 3 for the 

four schemes. Similar variations are observed in Schemes (Ⅰ) 

and (Ⅱ) as the temperature difference decreases and then 

increases along the flow direction of the hot fluid, with the 

thermal conductance increasing monotonously. Utot in Scheme 

(Ⅰ) is around twice as that in Scheme (Ⅱ), while ΔT in Scheme 

(Ⅱ) is larger than that in Scheme (Ⅰ). In Schemes (Ⅲ) and (Ⅳ), 

the distributions of Utot and ΔT become complex due to the 

variable mass flow rate of the cold fluid. It is noted that ΔT in 

HX1 is the largest in Scheme (Ⅰ), while Utot is the smallest, and 

hence HX1 is associated with the worst coordination angle in 

Scheme (Ⅰ). The mass flow rate of the cold fluid in HX1 takes 

up half of the total, which leads to a relatively higher thermal 

conductance. In Scheme (Ⅲ), Utot decreases from HX1 to HX3 

as the mass flow rate of the cold fluid decreases, and ΔT 

increases from HX1 to HX3 as the pinch point always appears 

near the outlet of the cold fluid. In Scheme (Ⅳ), Utot is the 

highest in HX1, and followed by HX3 and HX2; ΔT in HX1 is 

the highest, while the variation range of ΔT in HX2 is the 

largest. 

 

 
Figure 2 (a) Total heat load and (b) average coordination angle 

between the temperature difference and thermal conductance in 

the four schemes shown in Figure 1. 

 

To further quantitatively investigate the coordination in 

Schemes (Ⅲ) and (Ⅳ), the heat load QHX and average 

coordination angle αa of each heat exchanger are presented in 

Figure 4. It is noted that QHX in HX1 is much higher than that in 

the other two heat exchangers in both Schemes, and followed by 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 527 of 1061



4 

 

HX2 and HX3 in Scheme (Ⅲ), while QHX in HX3 is higher than 

that in HX2 in Scheme (Ⅳ). Considering mass flow fraction of 

the cold fluid in the three heat exchangers in Schemes (Ⅲ) and 

(Ⅳ), QHX is proportional to the mass flow fraction in each heat 

exchanger. In Figure 4(b), αa in HX1 is the smallest between the 

three heat exchangers in Schemes (Ⅲ) and (Ⅳ), which explains 

the fact that HX1 has the highest QHX. αa is lower in HX2 than in 

HX3 in Scheme (Ⅲ), and therefore, QHX is higher in HX2 with 

respect to HX3. In Scheme (Ⅳ), αa is lower in HX3 than in HX2, 

leading to a higher QHX in HX3 as compared to HX2. This is 

consistent with the empirical knowledge that the heat load is 

proportional to the mass flow rates on both sides of a heat 

exchanger. αa is lower in HX2 in Scheme (Ⅳ) than in HX3 in 

Scheme (Ⅲ), and QHX is higher in HX2 in Scheme (Ⅳ) than in 

HX3 in Scheme (Ⅲ). On the other hand, αa is lower in HX2 in 

Scheme (Ⅲ) than in HX3 in Scheme (Ⅳ), and QHX is higher in 

HX2 in Scheme (Ⅲ) than in HX3 in Scheme (Ⅳ). HX3 in 

Scheme (Ⅳ) has the same mass flow fraction with HX2 in 

Scheme (Ⅲ), and HX2 in Scheme (Ⅳ) has the same mass flow 

fraction with HX3 in Scheme (Ⅲ). This indicates that the 

coordination degree could be improved by adjusting the mass 

flow fraction between the heat exchangers, eventually leading to 

an increase in the heat load. It also illustrates that the heat load 

could be enhanced by improving the coordination degree under 

the same mass flow condition. It is noted from Figures 2 and 4 

that the distribution coordination principle is effective in the heat 

transfer analysis from the viewpoint of individual heat 

exchangers or their arrangements. 
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Figure 3 Distributions of the temperature difference and thermal conductance from HX1 to HX3 along the flow direction of the hot 

fluid in the four schemes shown in Figure 1. 

 

SPLIT RATIO IN RECOMPRESSION CYCLE SYSTEMS 
Supercritical CO2 recompression BC systems are generally 

considered to be superior in terms of thermal efficiency and also 

represent a favourable layout of existing demonstration systems 

around the world. Compared with simple cycle systems, an 

additional compressor is included in the circuit to repressurise the 

split flow as shown in Figure 5. The split flow makes the inlet 

mass flow rate of the cold fluid decrease in the low-temperature 

recuperator, and a larger split ratio Rsp means that a lower mass 

flow rate of the cold fluid enters the low-temperature recuperator. 

The entire mass flow rate enters the recuperator when Rsp = 0, 

and the recompressing layout just becomes a simple one. It is 

generally acknowledged that the split flow is to compensate the 

difference between the specific heat of the hot and cold fluids in 

the low-temperature recuperator, so as to increase the amount of 

heat recuperated [13]. 
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Operating parameters of the considered sCO2 recompression 

BC system are summarised in Table 2. The heat transfer 

mechanism in the low-temperature recuperator is considered 

and analysed from the viewpoint of coordination distribution. 

We assume that the temperature and pressure of the stream 

from the high-temperature recuperator are fixed, and the low-

temperature recuperator, precooler, main compressor and re-

compressor are included in the present analysis. The average 

coordination angle αa between the temperature difference ΔT 

and thermal conductance Utot, and entropy generation Sg in the 

low-temperature recuperator as a function of the split ratio Rsp 

are shown in Figure 6. It is noted that αa decreases as Rsp 

increases from 0 to 0.3 and increases as Rsp increases from 0.4 

to 0.5. The optimal Rsp at which the lowest αa is achieved occurs 

to be in the range between 0.3 and 0.5. This is generally 

consistent with the optimal Rsp to achieve the maximum thermal 

efficiency reported in literature [14, 15]. In addition, Sg yields a 

similar changing trend with αa in the low-temperature 

recuperator, which indicates that an improvement of the 

coordination degree leads to a decrease in the irreversible loss. 

 

 
 

  
Figure 4 (a) Heat load and (b) coordination angle between the 

temperature difference and thermal conductance for each heat 

exchanger in Scheme (Ⅲ) and (Ⅳ) presented in Figure 1. 

 

The split flow is beneficial to the thermal efficiency of sCO2 

recompression BC systems since it improves the coordination 

degree between the temperature difference and thermal 

conductance, and eventually reduces the irreversible losses in the 

low-temperature recuperator as well as the heat rejection from the 

pre-cooler. The optimal split ratio is between 0.3 and 0.5 in the 

present study, which is obtained based on the low-temperature 

recuperator, while the actual optimal split ratio should be 

considered based on the analysis of the whole system. 

This is a simple model to demonstrate the applicability of the 

distributed coordination principle in analysis of heat transfer 

mechanism of heat exchanger. The method is also applicable to 

more complex heat exchange system, but the overall coordination 

analysis should be conducted based on the system consisting of 

multiple heat exchangers instead of coordination analysis in an 

individual heat exchanger. So, the method is applicable at the 

component and system levels, and provides a way for heat 

transfer mechanism analysis and heat exchanger optimisation. 

 

 
Figure 5 Schematic diagram of the split flow part in the sCO2 

recompression BC system. 

 

Table 2 Parameters of the sCO2 recompression BC system. 

Parameters values 

Inlet temperature of low temperature recuperator, ℃ 190 

Inlet pressure of low temperature recuperator, MPa 7.7 

Mass flow rate of hot fluid, kg/s 0.6 

Length of low temperature recuperator, m 1.2 

Main compressor inlet temperature, ℃ 32.5 

Compressor outlet pressure, MPa 20 

Compressor efficiency 0.88 
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Figure 6 Average coordination angle between the temperature 

difference and thermal conductance, and entropy generation in 

the low-temperature recuperator as a function of the split ratio 

ranging from 0 to 0.5. 

 

CONCLUSIONS 
Four heat exchange schemes with supercritical CO2 (sCO2) 

as the working fluid are considered and analysed to explore the 

heat transfer mechanism from the viewpoint of distribution 

coordination of the governing parameters. The results show that 

the smallest coordination angle corresponds to the highest heat 

load from the angles of both individual heat exchangers and 

heat exchange arrangements. Besides, the overall coordination 

degree of heat exchanger arrangements can be improved by 

adjusting the mass flow fraction between the heat exchangers, 

eventually leading to an increase in the heat load. 

The influence of the split ratio on the low-temperature 

recuperator in the sCO2 recompression Brayton-cycle system is 

analysed. There exists an optimal split ratio for the low-

temperature recuperator to yield the minimum entropy 

generation, as the split ratio improves the coordination degree 

between the thermal conductance and temperature difference, 

eventually leading to efficiency improvement of the whole 

system. The present research provides a guidance to the 

optimisation and heat exchanger arrangements for sCO2 cycle 

systems as well as other relevant facilities. 
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ABSTRACT 
Battery thermal management systems (BTMSs) for electric 

vehicles are of primary importance to the efforts for further 

market penetration of electric vehicle (EV) technology, as 

thermal safety and performance issues of Li-ion batteries persist. 

Different battery cooling approaches have been developed to 

address the issues of maximum temperature and temperature 

uniformity. In this paper, a novel, immersion-cooling BTMS 
concept is proposed where oil-based, dielectric fluids are 

employed. The cooling performance is further improved by 

incorporating linear vortex generators (LVGs) to enhance 

mixing close to the battery cell consequently heat transfer. The 

proposed BTMS is tested under three different rates of discharge 

(1C, 5C, 10C) with air and dielectric-fluid cooling. The results 

indicate that the use of a dielectric fluid along with LVGs leads 

to a significant drop of the maximum battery cell temperature 

and a temperature uniformity of 1o C across the battery cell. 

INTRODUCTION 
One of the most promising technological developments to 

reduce global carbon footprint in transportation is power train 

electrification, with lithium-ion (Li-ion) batteries being widely 

used in electric vehicles due to their high energy-density and 

power-energy attributes. These attractive attributes however 

naturally lead to increased heat generation rates affecting the 

thermal performance and safety of the battery packs. 

Temperature control and management of the Li-ion battery packs 

are vital for long-term performance, life cycle and durability 

[1,2]. Cell performance varies significantly with temperature, 

while the electrochemical phenomena occurring within the 

battery cells are also temperature dependent [3].  The suggested 
window of operation for the temperature of a Li-ion battery is 

between 15o C – 60o C, with the optimum temperature being 

below 40o C. Temperature uniformity within each battery cell 

and among different cells of the same battery pack is also of great 

importance, with a maximum of 5o C being the target [4].  Battery 

thermal management systems (BTMS) play an important role in 

maintaining temperature levels within the desired window and 

promoting temperature uniformity, thus promoting battery life 

cycle and preventing issues like thermal runaway and battery 

degradation [5,6]. 

Today’s commercial EVs employ BTMSs that mainly use air 

cooling [7,8], water/glycol cooling systems in an indirect cooling 

approach through channels [9], phase-change materials (PCMs) 

[10,11], or complex combinations of the above [12]. Air-cooling 

systems carry decades of development and application in many 

different sectors (e.g. integrated circuits, ICE vehicles). 

However, their cooling capacity is limited and can hardly meet 

the tight temperature limits of EV battery packs. Indirect, liquid 
BTMSs employ working fluids (usually water or water/glycol 

mixtures) that flow through channels attached to jackets or plates 

in contact with the battery cells. Although the cooling capacity 

of the liquids increase the cooling performance of the indirect 

BTMS compared to air-cooling systems, the cooling channels 

result in complex topologies that do not promote temperature 

uniformity, while leading to increased system weight and 

manufacturing costs. Finally, PCMs are designed to absorb any 

surplus heat from the battery cells though melting/solidification 

processes. Their main drawback is the relatively moderate 

thermal conductivity, which cannot meet the thermal 

requirements of a modern EV BTMS. Their applicability is 
however an active field of research, especially in combination 

with other forms of cooling. 

A different cooling approach that takes advantage of both the 

surface area of the battery cells and the increased thermal 

conductivity of liquids is immersion/direct cooling [13]. The 

main scope of this study is to present a novel approach for an 

immersion/direct cooling BTMS employing dielectric, oil-based 

coolants in conjunction with linear vortex generators (LVGs). 

Dielectric oil-based coolants are suitable for direct cooling 

approaches using the total surface area of the battery cells. 

Despite having lower thermal conductivity than water, they also 
present significantly lower electric conductivity that practically 

renders them as insulators. To further increase the cooling 

capacity of the proposed BTMS, LVGs are used to create a 

coherent secondary flow pattern of linear vortices promoting 

laminar mixing between the battery cells. Vortex generators have 

been previously used in many fields, especially in the ones of 

heat exchangers and aerodynamics. They are well-known for 

their ability to increase heat transfer and benefit macro-mixing 

[14].  

The proposed immersion/direct cooling BTMS is modelled 

through a coupled approach comprising the electrochemical/ 
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thermal performance of the battery and the cooling capacity of 

the dielectric coolants to quantify the effects of the coolant 

thermal properties and the linear vortices in enhancing heat 

transfer. 

CONCEPT DESCRIPTION 
The proposed immersion-cooling BTMS concept is 

developed for and tested on a battery pack consisting of 

prototype prismatic battery cells. Characteristic cell dimensions 

are given in Figure 1. The cell chemistry is Lithium-Iron-

Phosphate (LFP) and the nominal capacity and voltage for each 

cell is 40Ah and 3.2V, respectively. 

 

 

Figure 1 Top- and side-view and dimensions of the prototype 

battery cell used to test the novel BTMS. 

 
The battery cells are placed side-by-side, separated by a gap of 

1cm. The battery cell has been defeatured and, to further simplify 

the investigation at this stage, only one cell and its associated 

LVGs are simulated by exploiting lateral symmetry. Figure 2 

presents the defeatured prototype battery cell and the two pairs 
of LVGs placed upstream of the cell. Each LVG has height and 

length equal to 2cm and width equal to 0.1mm. The angle 

between the LVGs of each pair is equal to 9o and their respective 

distance is 0.8mm (on the converging side). Each pair is placed 

2.6cm upstream of the battery cell and 2mm from the battery 

sides. Finally, the centre of mass of each LVG is vertically 

aligned with the centre of mass of the battery cell.  

 

                 
 

Figure 2 Isometric (left) and front (right) view of the battery 

cell and the LVGs placed upstream.              

NUMERICAL MODELLING 
The proposed immersion/direct cooling concept is 

implemented in ANSYS Fluent through the dedicated Battery 

Module [15]. The module allows for thermal analysis and heat 

rate computations by coupling of the electrochemical and 

thermal phenomena that take place during the operation of 

battery cells. There are various approaches to this coupling, with 

each offering specific advantages with respect to the level of 

detail and the phenomena of interest. For the purposes of this 

work, where along with the electrochemical/thermal coupling 

there is also interest in the flow features that affect the cooling 

performance of the proposed BTMS, the Multi-Scale Multi-
Domain (MSMD) approach is selected [16]. 

 One of the most challenging aspects with regards to the 

modelling of realistic battery cells and packs is the different 

length scales and the different physics that take place in such 

domains. In this case, the temperature distribution on each 

battery cell is determined first at the battery length scale via the 

electrochemical/thermal coupling. Then, the flow solver is 

employed at the flow length scales to account for heat transfer 

between the battery cells and the surrounding fluid. The MSMD 

approach computes the battery electrical and thermal fields at the 

battery cell scale by solving the following set of equations:  

 
𝜕𝜌𝐶𝑝 𝑇

𝜕𝑡
− ∇(𝑘∇𝑇) =  𝜎+|∇𝜑+|2 + 𝜎−|∇𝜑−|2 + �̇�𝐸𝐶ℎ            (1) 

 

∇(𝜎+∇𝜑+) =  − 𝑗𝐸𝐶ℎ                                                          (2) 

 

∇(𝜎−∇𝜑−) =  𝑗𝐸𝐶ℎ                                                              (3) 

 

Equations 2 and 3 are used to determine the positive and negative 

phase potentials φ for the positive and negative electrodes 

respectively. The volumetric current transfer rate and the 

electrochemical reaction heat manifest themselves through the 

terms 𝑗𝐸𝐶ℎ  and �̇�𝐸𝐶ℎ, respectively. The terms that are concerned 

with internals short-circuits and thermal abuse conditions are 

currently neglected.  

  The electrical phase potentials are computed using the semi-

empirical electro-chemical sub-model NTGK, developed by 
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Newman, Tiedemann, Gu and Kim (cite). The volumetric current 

transfer rate is given by: 

 

𝑗𝐸𝐶ℎ =  
𝑄𝑛𝑜𝑚𝑖𝑛𝑎𝑙

𝑄𝑟𝑒𝑓𝑉𝑜𝑙
𝑌[𝑈 − 𝑉]                                                        (4) 

 

while the electrochemical reaction heat is given by: 

 

�̇�𝐸𝐶ℎ =  𝑗𝐸𝐶ℎ[𝑈 − 𝑉 − 𝑇
𝑑𝑈

𝑑𝑇
]                                                        (5) 

  

In the above equations, Q nominal is the battery capacity, Q ref  is 

the capacity of the battery used in experiments to evaluate the 

model parameters Y and U, while V is the battery cell voltage 

and Vol is the volume of the cell’s active zone. 

NUMERICAL SIMULATIONS 
For the purposes of this study, a single, prototype, prismatic 

LFP battery cell is immersed into a fluid volume. The equations 

of mass, momentum and energy conservation are solved in an 
approach similar to [17], along with the electrochemical 

equations. Symmetry boundary conditions are used on the sides 

of the domain to account for the effects of the battery cells placed 

on 1cm away from each of the two sides of the battery cell. Wall 

boundary conditions are used for the casing of the battery and 

the LVG surfaces. A velocity inlet boundary condition is 

imposed upstream of the battery cell and the LVGs. The velocity 

magnitude corresponds to a Reynolds number  Re = uD/ν =1000, 

where u is the inlet velocity, D is the hydraulic diameter of the 

inlet and ν is the kinematic viscosity of the fluid. The fluid inlet 

temperature is 27o C for all cases. An outflow boundary 

condition is imposed at the domain’s outlet.  

Two working fluids are used to demonstrate the cooling 

performance of the proposed BTMS. The first is air at standard 

conditions. The second is a dielectric, mineral oil-based coolant. 

The density of this oil is 798.2 kg/m3. The specific heat Cp is 

equal to 1834 J/(kg K), while the thermal conductivity is equal 

to 0.1373 W/(m K) and the dynamic viscosity is equal to 0.0071 

kg/(m s). For both fluids, the inlet velocity is adjusted to 

correspond to a Reynolds number of 1000. 

The proposed immersion/direct cooling BTMS is tested 

under three different discharge rates: 1C, 5C and 10C. C-Rate is 

defined as the inverse of the time in hours required to fully 

discharge the battery: C-Rate = 1 / hreq. For all three discharge 

rates, a baseline simulation is first performed where the battery 

cell is immersed into stagnant air, without cooling flow to 

demonstrate the magnitude of the cell heat generation rate. Then, 

the battery cell is first cooled with air and oil to evaluate the 

cooling performance of the novel dielectric fluid. Finally, 

simulations are conducted for both air and oil with the presence 

of LVGs to demonstrate their capabilities in further enhancing 

heat transfer. 

 

 

RESULTS 
The simulations of the battery cell under the different 

discharge rates for the two working fluids with and without the 

presence of the LVGs are summarized in Tables 1-3. The 

maximum temperature that was observed for the battery cell is 

reported in Table 1, while Tables 2 and 3 present the maximum 

temperature difference for the battery cell and the standard 

deviation of the cell’s temperature respectively, as a measure of 

temperature uniformity. In Figure 3, contours of temperature are 

presented for the cases of stagnant air, oil cooling and oil cooling 

with LVGs for the case of 10C. 

 

 Max Temperature 

 
Stagnant Re 1000 

Re 1000, 
LVG 

C-Rate Air Air Oil Air Oil 

1 32.7 30.5 27.6 29 27.3 

5 49.2 47.1 31.6 36.9 30.4 

10 63.5 62.9 41 45.1 36.7 

Table 1 Max temperature observed for the battery cell under 

different discharge rates and cooling configurations 
 

 Max Temperature Difference 

 
Stagnant Re 1000 

Re 1000, 

LVG 

C-Rate Air Air Oil Air Oil 

1 0.1 0.3 0.3 0.02 0.03 

5 0.7 1.9 2.4 0.07 0.06 

10 1.6 3.24 7.06 0.15 0.75 

Table 2 Max temperature difference observed across the 

battery cell under different discharge rates and cooling 

configurations 

 

 Temperature Standard Deviation 

 
Stagnant Re 1000 

Re 1000, 

LVG 

C-Rate Air Air Oil Air Oil 

1 0.025 0.1 0.07 0.003 0.007 

5 0.17 0.5 0.62 0.018 0.078 

10 0.41 0.78 1.87 0.033 0.22 

Table 3 Standard deviation of the temperature observed for the 

battery cell under different discharge rates and cooling 

configurations 

  

The results from Table 1 clearly present an improvement in 

cooling capacity from the use of the dielectric, mineral oil. The 

maximum temperature is reduced by 10% for the case of 1C and 

35% for the case of 10C. However, temperature uniformity is not 

improved, rather, it decreases with the use of oil cooling, as 

indicated by Tables 2 and 3, an effect that can be explained by 

the smaller thickness of the thermal boundary layer of the oil 

coolant.  
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Figure 3 Temperature contours for stagnant air (top), oil 

cooling (middle) and oil cooling with LVGs (bottom). 

Discharge rate 10C.  

(Colormap adjusted to local scale for each case) 

 
To further improve the cooling capabilities of the proposed 

BTMS that employs a dielectric oil as the working fluid, the 

simulations are repeated with two pairs of LVGs placed 

upstream of the battery cell as described earlier. It is observed 

from the results reported in Tables 1-3 that the presence of LVGs 

acts in favour of both maximum temperature reduction and 

temperature uniformity, not only for the dielectric oil but also for 

air. Maximum temperature is reduced for air by 5% and 28% for 
the cases of 1C and 10C respectively. For the dielectric oil, the 

respective maximum temperature reduction is 2% and 10%. 

Although for the case of the dielectric oil further reduction of the 

maximum temperature is limited, especially for the low 

discharge rates, there is significant improvement with regards to 

temperature uniformity. For all cases, LVGs delivered a 

temperature uniformity of less than 1oC. As depicted in Figure 3 

and reported in Table 2, for the case of 10C, the BTMS with 

dielectric oil and LVGs presented a maximum temperature 

difference of 0.75oC. 

The benefits with regards to maximum temperature reduction 
and temperature uniformity due to the presence of the LVGs can 

be qualitatively explained by the contours of axial vorticity, 

presented in Figure 4. The LVGs create and sustain a secondary 

flow pattern of linear vortices that travel downstream, interacting 

with the laminar boundary layer developed around the battery. 

This interaction promotes mixing in the area close to battery 

walls, resulting in heat transfer enhancement. In the left part of 

Figure 4, the presence of the linear vortices is evident, especially 

compared with the BTMS that does not incorporate LVGs (right 

part of Figure 4).  

 

Figure 4 Contours of axial vorticity: BTMS with LVGs (left) 

and without LVGs(right). 

 

The process of battery discharging (and charging, of course) 

and the associated electrochemical/thermal phenomena are 

transient. For that purpose, it also has merit to present the 

evolution of the maximum temperature with respect to time. 

These curves are given in Figure 5. The top part of the figure 

presents maximum battery temperature over time for the case of 
1C, while the middle and bottom parts of the figure correspond 

to 5C and 10C respectively.  As expected, air cooling without 

LVGs could only be a potential option only for very low 

discharge rates, as it cannot cope with the cooling requirements 

of increased C-rates. With the use of LVGs, however, even the  

Linear 

vortices 
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Figure 5 Variation of max temperature for 1C (top), 5C 

(middle) and 10C (bottom). 

(Stagnant Air: ▬, Air at Re 1000: ●, Oil at Re 1000: ▬ ▬, Air 

at Re 1000 with LVGs: ▬ ●●, Oil at Re 1000 with LVGs: ▲) 

cooling performance of air is increased for low and medium C-

rates. For the case of the mineral oil, the cooling capabilities are 

evident for all discharge rates. The cooling performance is 

maximized with the presence of LVGs, rendering the respective 
BTMS an excellent choice for all C-rates. Finally, an important 

observation is the increased battery cell temperature that is 

reported during the first 200-300s for the case of the oil flow with 

and without LVGs and is evident in the temperature curves of 5C 

and 10C. Especially for the case of the oil without LVGs, the 

battery cell shows higher temperature during this time compared 

to the case of air with LVGs. The line plots indicate that, for the 

specific oil-based coolant, the battery cell reaches its maximum 

temperature at a relatively early stage and maintains this 

temperature until it is almost fully discharged, with small 

variations.  

CONCLUSION 
The work presented in this paper summarizes the first steps 

of the IBAT project towards a novel immersion/direct cooling 

BTMS employing dielectric, oil-based coolants with additives 

and LVGs to enhance heat transfer and increase the overall 

cooling performance. For the purposes of this study, a single, 

prototype, prismatic battery cell, immersed in an oil-based 

coolant was examined numerically within ANSYS Fluent, with 

and without the presence of LVGs. The results were compared 

with air cooling for three different battery discharge rates (1C, 

5C, 10C) in terms of maximum temperature, temperature 

uniformity and temperature standard deviation.  
First, the use of an oil-based coolant greatly lowered the 

maximum temperature on the battery cell. Especially for the case 

of 10C, the maximum temperature due to the oil-based coolant 

was reduced by 35%. However, temperature uniformity was not 

sufficient, and, in fact, air cooling presented better temperature 

uniformity despite the higher temperatures.  

The use of LVGs offered significant benefits to the 

temperature uniformity for both coolants, while also offering 

some additional temperature reduction. The LVGs created and 

maintained a flow pattern of linear vortices that disturbed the 

boundary layer close to the battery cell, promoting flow mixing 
and enhancing heat transfer. The use of LVGs resulted in a 

temperature variation of less than 1o C in all reported cases. 

LVGs contributed to further reduction of the maximum 

temperature of the oil-based cooling BTMS by an additional 

10% for the case of 10C, while significantly assisting in its 

temperature uniformity.  

FUTURE WORK 
The next steps of the IBAT project with regards to the 

numerical investigation of the novel immersion/direct cooling 

BTMS include the addition of the viscoelastic effects of the oil-

based coolants through dedicated numerical models, the 

application of the methodology in a module of prototype battery 
cells corresponding to the battery pack arrangement and the 

design optimization of the shape, number and position of the 

LVGs to maximize heat transfer.  
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ABSTRACT 
The 1000K SOLTEC-2 sodium loop is a test facility 

developed for investigations of corrosion and erosion of 

materials in hot sodium above 720°C, as well as tests of 

components for high temperature applications. The present 

study investigates the flow dynamics and the heat transfer in 

the high temperature branch of the facility and in the core 

component, which is a sodium-sodium heat recuperator coupled 

directly to a sodium-air heat exchanger. The experimental data 

available for the temperature field was used to validate the 

numerical models that were developed in ANSYS CFX. The 

Nusselt number was calculated using an empirical correlation 

proposed in literature. The heat transfer coefficient obtained 

from the Nusselt number was also compared against the heat 

transfer coefficients from the numerical model. The thermal 

effectiveness of the heat recuperator for the usual sodium flow 

rates is reported.  

INTRODUCTION 
The application of liquid metals, especially sodium, as heat 

transfer fluids in a solar tower power plant received increased 

interest in the last decade [1-4]. In this frame, adequate 

structural materials have to be developed and qualified to 

clarify their behaviour regarding the corrosion/erosion and their 

creep fatigue limits at sodium temperatures above 700°C, as 

highlighted in [5,6]. Given the wide range of experimental tasks 

planned, the SOLTEC experimental family of facilities have 

been developed and erected at the Karlsruhe Institute of 

Technology. Three similar facilities have been constructed, 

each having its own test experimental purpose. SOLTEC-1 is 

planned for low-fatigue investigations of new materials, while 

SOLTEC-2 for corrosion and erosion studies of materials in hot 

sodium. For both facilities, the test probe can be further heated 

in the test section above a temperature of 700°C that is 

provided by the base loop. Besides material qualification, tests 

of components and sensors for high temperature applications 

are foreseen and have already started in the frame of different 

projects.  

SOLTEC-2 facility has been operated more than 15 h at the 

maximal operating temperature of 720°C during the set-into-

operation phase. At the core of the facility, between the low and 

high temperature branches a sodium-sodium heat recuperator is 

directly coupled to a sodium-air heat exchanger. The present 

study focuses on the numerical investigation of the high 

temperature branch and the sodium-air heat exchanger. The 

experimental data obtained from SOLTEC-2 facility were used 

to validate the numerical model of the combined sodium-

sodium heat recuperator – sodium-air heat exchanger. 

NOMENCLATURE 

cp [J/K] Heat capacity 

k [W/mK] Thermal conductivity 

ṁ [kg/h] Mass flow rate 

Nu [-] Nusselt number 

Pe [-] Peclet number 

Re [-] Reynolds number 

T [K] Temperature

y+ [-] Non-dimensional distance to the wall 

Special characters 
α [W/m2K] Heat transfer coefficient 
δ [%] Percentage difference 
ε [%] Thermal effectiveness 

Subscripts 

exp Experimental 

fl Fluid  

in Inlet 

max Maximum  

out Outlet  

t Turbulent 

th Theoretical 

0 Ambient or reference 

Acronyms 

CFD Computational Fluid Dynamics 

SOLTEC SOdium Loop to TEst materials and Corrosion 

DESCRIPTION OF THE SOLTEC EXPERIMENTAL 
FACILITY 

The SOLTEC facilities (see Figure 1) are similar loops 

layout for a maximal temperature of 720°C at an overpressure 

of 3.5 bar. The maximal specified mass flow rate is 300 kg/h. 

The loop has an 8-shape configuration, a low temperature side 

in the bottom part of the 8-shape and a high temperature side in 

the upper part. The low temperature branch is limited in 

operation to ~450°C and contains the sodium pump and the 

sodium flowmeter. The high temperature branch contains a 
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6.3 kW high temperature helical heater and the test section. At 

the interface between these branches a 27 kW sodium-sodium 

heat recuperator is connected directly with a 7.5 kW sodium-air 

heat exchanger, providing a compact arrangement. A side 

branch is connected to the low temperature branch, and 

contains the vacuum pump and the sodium-argon interface. As 

an innovative solution, the storage tank is used for both storage 

and sodium expansion, therefore eliminating the need of a 

dedicated expansion tank. Argon is used as a cover gas to 

inhibit the sodium oxidation and for pressure monitoring during 

all operation procedures. Since the loop has a compact size of 

1.2 × 1.6 × 1.9 m3 it can be operated in a regular liquid metal 

laboratory. Prior to the filling operation, the entire sodium loop 

is evacuated excepting the sodium storage tank, so that the 

filling with sodium can be performed under vacuum. 

 

 

Figure 1 View of the SOLTEC-2 facility (with safety 

lateral walls removed) 

Several safety measures were implemented and the layout 

of the facility followed a safety-by-design approach. Any 

sodium-water contact is completely eliminated and the less 

hazardous sodium-air contact can possibly occur only in case of 

sodium leakages through material cracks. To handle this event, 

a leakage detection system has been mounted that covers all 

sodium parts. Furthermore, the amount of sodium is limited 

(e.g. in the high temperature side to only ~0.6 L) and the 

operational pressure is just slightly above atmospheric pressure, 

so only a small amount of sodium can potentially exit the loop. 

Even in this scenario, the possible fire occurring will be 

extinguished either by argon ingestion or by lack of oxygen, 

since the entire loop is encapsulated in a metallic frame 

(removed in Figure 1 for visualization purposes). At any critical 

malfunction, an emergency drainage is initiated and the high 

temperature heater and the sodium pump have a dual 

independent surveillance (PLC system and sensors) that can 

initiate the emergency drainage if required. 

The piping and instrumentation diagram of the facility is 

presented in Figure 2, while the sodium-sodium heat 

recuperator/sodium-air heat exchanger is presented in Figure 3. 

Both heat exchangers are counter current type, the heat 

recuperator contains Inconel pipes, due to the expected 

temperatures that are higher than 550°C, while the sodium-air 

heat exchangers contains stainless steel pipes. The connection 

of the heat exchangers is realized with a flange, avoiding by 

this solution the need of welding two different materials.  

 
Figure 2 Piping and instrumentation diagram of the  

SOLTEC-1, -2 facilities 

 

 
Figure 3 Combined sodium-sodium heat recuperator / 

sodium-air heat exchanger, the high temperature heater  

and the air cooling system 
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NUMERICAL MODEL 
The central component of the facility, the heat 

recuperator/sodium-air heat exchanger and the U-shaped test 

sample were investigated numerically using ANSYS CFX 2021 

R1. The numerical solution is based on a conjugate heat 

transfer approach considering the fluids, sodium and air, as well 

as the Inconel walls of the heat recuperator and the stainless 

steel walls of the heat exchanger.  

All physical thermo-dynamical properties for air [7] and 

sodium [8], as well as for the materials for the walls have been 

implemented as temperature dependent. The air flow regime is 

turbulent and was modelled using the k-ω Shear Stress 

Transport (SST) turbulence model. Even up to the maximal 

mass flow rate specified and assuming a homogeneous flow 

distribution, the sodium flow is laminar in the tubes of the heat 

recuperator and the sodium-air heat exchanger. However, the 

sodium flow is turbulent in the pipelines and within the high 

temperature heater and was modelled using the Reynolds stress 

-ω turbulence model [9]. This Reynolds stress model uses the 

ω-equation instead of the ε-equation as the scale determining 

equation, since it allows for a more accurate near wall 

treatment. The model provides an automatic switch between a 

wall function to a low-Reynolds number formulation based on 

the mesh spacing [9]. Considering a mass flow rate of 137 kg/h 

and a uniform distribution of the sodium flow through the heat 

exchangers, the Reynolds numbers are 493 in the tubes of the 

recuperator and 300 in the sodium-air heat exchanger. 

The ratio of the Grashof number to the Reynolds number is 

above unity, signifying that the buoyancy forces due to the 

temperature gradients have to be taken into account, and were 

considered in the model by employing the full buoyancy model 

available in ANSYS CFX.  

 

 
Figure 4 View of the CFD model exhibiting inlet and outlet 

conditions and positions of thermocouples 

 

The mesh was generated using the Pointwise V18.3 

software. The grid consists of 55 million cells, from which 

about 65% are hexagonal cells, 16% are tetrahedral cells and 

18% are prisms. The walls were considered hydraulically 

smooth and the non-slip boundary condition was always 

applied. For an accurate estimation of the heat transfer the grid 

was constructed to obtain a non-dimensional distance to the 

wall of y+<1 in the regions where the heat transfer is of 

interest. The cell growth rate in the normal direction to the wall 

was set to 1.2, ensuring therefore a good resolution of the 

thermal boundary layer. The mesh skewness in cross-section 

through the sodium-sodium heat recuperator is presented in 

Figure 5. An effort was made to construct the grid using as 

many hexagonal cells as possible. In this sense, the grid inside 

and outside of the pipes was made using hexagonal cells, while 

a tetrahedral mesh was made in regions exhibiting a change in 

the geometry, which was difficult to be meshed with hexagonal 

cells.  

 

 
Figure 5 Mesh skewness in cross-section through the sodium-

sodium heat recuperator 

 

Boundary and Initial Conditions 

The sodium enters laterally in the sodium-sodium heat 

recuperator in the central part of the model, as presented in 

Figure 4. It flows upwards meandering through the baffles and 

around the vertical tubes of the heat recuperator, while its 

temperature is increasing, and exists at the upper lateral side of 

the recuperator, where it enters the high temperature heater. 

There it is heated at the operating temperature. Following the 

U-pipe test sample, the hot sodium flows then downwards 

through the tubes of the heat recuperator, giving part of its 

thermal energy to the sodium coming from the low temperature 

branch. Further, the sodium enters directly the sodium-air heat 

exchanger, where it is cooled below 500°C to protect the 

sodium pump. The low temperature branch is held isothermal 

and the sodium is pumped from the outlet of the sodium-air 

heat exchanger to the cold inlet of the heat recuperator. 

The experimental data obtained with the SOLTEC-2 facility 

for the temperature field and the sodium and cooling airflow 

rates were used as input data for the initial conditions in the 

CFD model, as summarized in Table 1. The heat losses through 

the thermal insulation were estimated and implemented in the 

model. 
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Table 1 Overview of initial conditions applied 

Na mass 

flow rate 

[kg/h] 

Sodium 

temperature 

at inlet [°C] 

Air mass 

flow rate 

[kg/h] 

Air 

temperature 

at inlet [°C] 

Heat flux 

[W/m2] 

125 303 40.4 36.9 11 186 

137 390 33.7 88.2 11 807 

NUMERICAL ANALYSES 
 

Validation of the Numerical Models 

In order to validate the numerical model, the numerical 

results for the temperature field were compared against the 

experimental data. The location of the thermocouples 

considered for the comparison is displayed in Figure 4.  

 

   Table 2 Comparison between the experimental and 

calculated temperatures for a sodium flow rate of 125 kg/h 

Location Texp 

[°C] 

TCFD 

[°C] 

Absolute 

difference 

[°C] 

δ [%] 

HT heater – 1 648.4 655.8 7.4 1.1 

HT heater – 2 659.8 660.4 0.6 0.1 

HT heater – 3 681.9 686 4.2 0.6 

HT heater – 4 690.8 687.9 2.9 0.4 

HT heater 720.1 720 0.1 0 

Pipe top – 1   717.4 719.3 1.9 0.3 

Pipe top – 2 716.2 719.2 3.0 0.4 

Pipe top – 3 712.2 717.6 5.4 0.8 

Test section 709.3 718.7 9.4 1.3 

Lateral inlet 

recuperator 

307.1 303.4 3.8 1.2 

Central part 369 366.8 2.3 0.6 

Outlet Na-air 

heat 

exchanger 

314.8 303.2 11.7 3.8 

 

Table 3 Comparison between the experimental and 

calculated temperatures for a sodium flow rate of 137 kg/h 

Location Texp 

[°C] 

TCFD 

[°C] 

Absolute 

difference 

[°C] 

δ [%] 

HT heater – 1  660.8 671.2 10.4 1.6 

HT heater – 2  670.3 675.5 5.3 0.8 

HT heater – 3 688 700.0 12.1 1.7 

HT heater – 4 696.2 701.8 5.6 0.8 

HT heater 720 719.1 12.9 1.8 

Pipe top - 1  717.8 731.8 14.1 1.9 

Pipe top - 2 717 731.8 14.9 2.1 

Pipe top - 3 713.5 729.8 16.4 2.3 

Test section 709.3 730.8 21.6 3.0 

Top inlet  

recuperator 

706.8 728.8 22.1 3.1 

Central part 447.8 445 2.8 0.6 

Outlet Na-air 

heat exchanger 

401.6 386.1 15.5 3.9 

    

For all thermocouples considered, the percentage difference 

δ obtained is smaller than 4%, underlying the good agreement 

between the results.  

 

Analysis of the Velocity Field 

The flow regime in the pipelines is always turbulent for the 

entire flow range considered. In the low temperature side, at the 

moderate flow rate of 125 kg/h and 250°C, the Reynolds 

number is 10340. In the high temperature heater, at a 

temperature of 720°C, the Reynolds number varies between 

15330 and 19165 for mass flow rates 125-137 kg/h. The 

velocity streamlines in the shell of the Na-Na recuperator for 

the case 125 kg/h are displayed in Figure 6. The sodium flow 

exhibits a meandering character around the two horizontal 

baffles, considered in order to improve the heat transfer. The 

turning angles around the baffles increase with the increase in 

the flow rate due to the elevated kinetic energy. While the flow 

is turbulent in the inlet and out pipes, in the core of the heat 

recuperator the maximal sodium velocity ranges between 

0.004-0.008 m/s for the sodium flow rates 125-300 kg/s.  

 

 
Figure 6 Velocity streamlines in the Na-Na heat recuperator for 

the case with ṁ = 137 kg/h 

 

 
Figure 7 Sodium velocity vectors and air streamlines in the 

sodium-air heat exchanger 
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In Figure 7 are displayed the sodium velocity vectors and 

the air streamlines in the sodium-air heat exchangers. Prior to 

the entrance in the heat exchanger, a flow distributor is 

mounted, which ensures a uniform sodium flow distribution. 

On the air side of the heat exchanger several horizontal baffles 

are considered, similar to the heat recuperator, in order to 

ensure a meandering air flow, enhancing therefore the cooling.  

 

 
Figure 8 Sodium and air temperature distribution through the 

model for a sodium flow rate of 125 kg/h at the maximal 

specified temperature of 720°C 
 
Analysis of the Temperature Field 

The temperature field is displayed in mid-plane through the 

model for a sodium flow rate of 125 kg/h for a test run at the 

maximal temperature of 720°C, which can be observed at the 

outlet of the high temperature heater up to the U-type test 

sample and the top inlet in the sodium-sodium heat recuperator. 

The experimental data for these flow conditions, as well as the 

temperatures obtained from the CFD model are compared in 

Table 2. A strong temperature gradient is obtained through the 

sodium-sodium heat recuperator and the temperature in the 

central part, between the heat recuperator and the sodium-air 

heat exchanger decreases significantly below 550°C. Since this 

level represents the interface between the upper part made from 

Inconel and the bottom part made from stainless steel, it is of 

high importance that the temperature decreases below the 

mentioned level in order to respect the upper operational limit 

of the stainless steel. 

The turbulent Prandtl number was varied in the range 1.5-

2.2, in accordance to the values reported in [10, 11]. 

Furthermore, the formulation proposed by Aoki [12] was 

implemented to study the effect of a non-constant Prandtl 

number and was considered as the reference case: 

 

Prt
-1=0.014 Re0.045 Pr0.2 {1-exp[-1/(0.014 Re0.045 Pr0.2)]}   (1) 

 

The percentage differences obtained at different locations of 

the model are below 1%. This result suggests that the heat 

transfer by conduction is the dominant heat transfer 

mechanism, in the detriment of the convective and turbulent 

heat transfer. This can be attributed to the rather low velocities 

and the high thermal conductivity of the sodium. In Table 4 are 

summarized the temperatures at different locations and their 

percent difference to the formulation reported by Aoki.  

 

Table 4 Influence of the turbulent Prandtl number on the 

temperature field for different locations 

Location/Prt 

Prt Aoki 

[11] 
Prt = 1.5  Prt = 2.2 

[°C] [°C] δ [%] [°C] δ [%] 

Test section 730.8 729.8 0.1 730.8 0 

Outlet Na-air HX 386.2 386.5 0.1 387 0.2 

Outlet Na-Na 

recuperator 
670.2 669.4 0.1 670.4 0 

 

The temperature profiles in cross-section through the pipe at 

the outlet of the high temperature heater for different values of 

the turbulent Prandtl number are displayed in Figure 9. A 

temperature difference of around 1°C can be observed between 

the profile for the Aoki formulation and the Prt = 1.5. In all 

cases, the thick thermal boundary layer, specific for low Prandtl 

number fluids can be noticed.  

 

 
Figure 9 Sodium temperature distribution through the model 

for a sodium flow rate of 137 kg/h at the maximal specified 

temperature of 720°C 
 

The Nusselt number was determined for the central tube 

inside the heat recuperator using the empirical correlation 

proposed in [13], valid for Pe < 30:   

 

Nu = 0.0182 Pe1.74       (2) 

 

to be Nu = 6.28 for a flow rate ṁ = 137 kg/h, corresponding to 

a theoretical heat transfer coefficient αth = 41384.3. A good 

agreement has been obtained between this coefficient and the 

heat transfer coefficients determined from the numerical model 
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at different height levels, with the percentage difference being 

< 3%, as summarized in Table 5. 

 

Table 5 Heat transfer coefficients for different locations along 

the height of the central pipe in the sodium-sodium heat 

recuperator 

Vertical 

location [mm] 

Tfl [°C] Tpipe [°C] α [W/m2K] δ [%] 

35 543.6 531.8 42 211.9 1.98 

110 624.4 612.9 40 330.4 2.58 

185 697.4 689.6 41 333.3 0.12 

 

The thermal effectiveness of the sodium-sodium heat 

recuperator is the ratio of the actual heat transfer to the 

maximum heat transfer in a counterflow heat exchanger and has 

been calculated using the following relation [14]:  

 

ε = cp hot (Tin hot – Tout hot) / cp min (Tin hot – Tin cold)  (3) 

 

Considering the experimental values for the temperature and 

heat capacity the thermal effectiveness has been determined to 

be 89% for a sodium flow rate of 125 kg/h und 84% for the 

sodium flow rate 137 kg/h. 

CONCLUSION  
 

The present study is focused on the numerical model of the 

high temperature branch of the SOLTEC-2 sodium facility and 

on its core component, the sodium-sodium heat recuperator and 

the sodium-air heat exchanger. Both the sodium flow and the 

air-cooling flow were considered in the model. The sodium 

flow is turbulent in the pipeline of the loop, while in the other 

regions is laminar. A very good agreement has been obtained 

for the temperature field between the experimental data 

obtained from the facility and the numerical results, the 

percentage difference between the results being < 4%. The heat 

transfer coefficient based on the Nusselt number reported in 

[13] was compared against the values obtained from the 

numerical model at three different locations in the central pipe 

of the sodium-sodium heat recuperator. The percentage 

difference obtained between them is < 3%.  

The variation of the turbulent Prandtl number had no 

significant difference on the temperature field, underlying the 

fact that the dominant heat transfer mechanism is by 

conduction, in the detriment of the convective heat transfer. 

This aspect is attributed to the high thermal conductivity of the 

sodium and to the rather low Reynolds numbers.  

For the sodium flow rates considered, which are typical 

values for planned operation, the thermal effectiveness of the 

sodium-sodium heat recuperator was calculated to vary in the 

range 84-89%. The use of the heat recuperator reduced 

significantly the thermal energy required, especially at the 

steady-state flow regime at high and maximal temperature, and 

greatly improved the economics of the loop.  

For any sodium flow regime, the sodium-air heat exchanger 

is able to cool sufficiently the sodium below 450-500°C, 

ensuring therefore a safe operation of the sodium pump.  
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ABSTRACT 
    A numerical investigation is carried out to study the heat 

transfer enhancement associated with an oil jet impinging on a 

uniformly heated rotating disk. The results of steady state 

simulations employing a Reynolds stress turbulence model 

using a moving reference frame approach for modelling 

rotation are compared with experimental results. Nusselt 

number trends along the fluid-disk interface indicates the 

existence of jet-dominated and rotation-dominated heat transfer 

regimes. The jet-dominated regime expands radially outward 

with an increase in the jet Reynolds number. Increases in the 

rotational Reynolds number did not influence the size of the jet-

dominated regime. A heat transfer correlation is introduced, 

correlating the average heat transfer to the jet and rotational 

Reynolds numbers.   

INTRODUCTION 
As electrified vehicles grow in popularity, automakers are 

facing an increasing demand for improved e-drives that are 

compact, cost saving, lightweight and operate at higher power 

densities [1]. With these demands come the challenge of 

cooling rotary components of the motor to a safe and optimal 

temperature range. Managing the high heat loads of the rotary 

components, particularly rotor windings in wound-field 

synchronous motors, is shown to be a challenge [1]. Often 

direct rotor cooling methods must be implemented such as 

liquid jet impingement using a high Prandtl number fluid [2].  

NOMENCLATURE 
h [W/m2K] Heat transfer coefficient 
q” [W/ m2] Heat flux  

T [K] Temperature 

k [W/mK] Fluid thermal conductivity 
ρ [kg/m3] Fluid density 

µ, µt  [kg/ms] Fluid dynamic viscosity, Eddy viscosity  
l [m] Nozzle to disk spacing 

d [m] Nozzle diameter 

R [m] Disk Radius 
Re [-] Reynolds number  

Pr [-] Prandtl number 
Nu [-] Nusselt number 

V [m/s] Velocity 

v [m/s] Velocity fluctuation  

Special characters 
θ [rad] Angular displacement 

ω [rad/s] Angular velocity   

Subscripts 

avg Area average  
stag Stagnation region 

j Jet  
ω Rotational 

r Radial direction 
θ Tangential direction 

z Axial direction 

s Disk surface  

Jet impingement on stationary surfaces is well documented 

[3-7] whereas jets impinging on rotating targets are less 

documented in the literature. An early experimental study by 

Metzger and Grochowsky [8] suggest that heat transfer between 

an impinging air jet and a rotating surface can be distinguished 

between a jet-dominated and a rotation-dominated heat transfer 

regime. They demonstrated how higher disk rotational speeds, 

larger disk diameters and lower jet flowrates translates to a 

rotationally dominated flow. Using flow visualization, the 

transition between the jet and rotation-dominated regimes was 

correlated in terms a disk pumping flow which is present in the 

form of a crossflow, due to rotation, which interacts with to the 

oncoming jet. 

More recently Minagawa and Obi [9] used laser Doppler 

anemometry (LDA) to observe detailed measurements in the 

turbulent boundary layer developed on the rotating disk using 

an air jet. Their studies serve as a benchmark and validation 

case for other researchers who have carried out computational 

studies [10, 11]. Manceau et al. [10] numerically investigated 

the interaction of an air jet impinging a heated rotating disk 

under identical conditions as Minagawa and Obi [9]. Different 

RANS turbulence models were evaluated with the Elliptic-

Blending Reynolds stress model (EB-RSM) [12] providing the 

best match with the experimental results of Minagawa and Obi 

[9]. A stretching of the wall jet due to dominant centrifugal 

forces at higher rotational speeds was reported. The stretching 

and ultimately thinning of the wall jet enhanced heat transfer 

rates achieved along the heated disk. 

A numerical study was carried out by Poncet et al. [11] 

where turbulence quantities predicted using a Reynolds Stress 

Model (RSM) were validated against the LDA experiments of 

Minagawa and Obi [9]. Poncet et al. [11] studied effects of 

geometric changes such as jet nozzle to disk spacing and 

correlated these geometric changes to average heat transfer 

characteristics. The authors reported three different types of 

flow regimes: 1) a high turbulence intensity and heat transfer 

regime near the stagnation region 2) an intermediate region 

where effects of the jet and rotation-dominated flows co-exist 

and 3) a rotation-dominated regime near the edges of the disk.  

A liquid jet impinging on a heated rotating disk was studied 

by Lallave et al. [13] for intermediate Prandtl numbers up to Pr 

= 124. Like the study of Poncet et al. [11], effects of jet to disk 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 543 of 1061



    

spacing were studied. Computations in [13] were validated 

against the experimental results of Garimella and Rice [3] and 

Carper et al. [14]. It should be noted that in [3] only stationary 

jet impingement is reported and in [14] higher Prandtl number 

oils are used. Lallave et al. [13] correlated the average Nusselt 

number to the jet Reynolds number, Prandtl number and Ekman 

number. An error of around 19% is reported when comparing 

the correlation to computations.   

Cooling of a rotating disk using a high Prandtl number free 

jet in the range 87 < Pr < 400 was experimentally investigated 

by Carper et al. [14]. An axisymmetric impingement and 

asymmetric impingement configurations were considered to 

develop the correlations for the average Nusselt number 

averaged over the disk area. A maximum error of around 36% 

was reported when comparing with experimental data. Jiang et 

al. [15] used this study [14] for validation of their RANS 

simulaitons under identical conditions. A similar correlation 

was presented with a maximum error of around 20% reported 

when compared with computations.      

Jet impingement cooling of a rotating target, particularly 

with high Prandtl number fluids like many oils, has been far 

less studied. A high Prandtl number submerged jet flow is 

considered in this work, which to the authors’ knowledge, has 

not yet been investigated. This paper also introduces a method 

of identifying jet and rotation-dominated heat transfer regimes 

and presents a new correlation for average heat transfer 

approximations.   

DESCRIPTION OF FLOW FIELD 
In the present study, a computational model is developed to 

study a high Prandtl number oil jet cooling a rotating disk. A 

fully developed jet with bulk velocity Vz and temperature Tj 

issues from a nozzle of diameter d. The jet then impinges a 

uniformly heated aluminium disk of radius R, rotating at an 

angular velocity of ω, and located a distance l from the nozzle 

like shown in Fig. 1. The origin of the cylindrical coordinate 

system is located at the centre of the impingement surface with 

the radial direction r positive outwards and z positive upwards 

towards the nozzle. The direction of rotation is in the positive 

(counter clockwise) θ direction. The fluid domain is modelled 

to match the description of Minagawa and Obi [9] and 

Manceau et al. [10] where R/d = 6 and l/d = 5. However, a 

confinement plate/wall is introduced and is flush with the 

nozzle exit in the present work which emulates the compact 

conditions of many electronics cooling applications. The 

velocity field can be described by the radial Vr, tangential Vθ 

and axial Vz velocity components. General radial and tangential 

velocity distributions, which play a key role in heat transfer 

along the disk, are shown in Fig. 1 at a location downstream 

from the stagnation region.    

COMPUTATIOANAL METHODOLOGY 
For the computational model, the CFD software package 

Star-CCM+ is employed which has been used for related 

studies on jet impingement heat transfer [16]. A Reynolds-

Averaged Navier-Stokes (RANS) modelling approach is 

implemented, and the oil jet flow is considered three-

dimensional, incompressible and steady. 

  

Mathematical Formulation 

The RANS equations governing the fluid flow are the 

continuity, momentum and energy equations given by 

 

0 =u   (1)       

( )  =u u   

 ( ) ( )
T 2

3
t tp  

 
−  +  + −  

 
I + T u u u I  (2) 

( )E p = −u u   

 ( ) ( )
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3
t t 

 
+ +  + −  − 

 
T u u u I u q  (3) 

In the RANS equations, u, p, µ, µt and E represent the velocity 

vector, pressure, dynamic viscosity, the turbulent eddy 

viscosity and the total energy per unit mass, respectively. 

Furthermore, I and T represent the identity tensor and viscous 

stress tensor, respectively [17], bold quantities represent vectors 

and overbars indicate mean quantities. 

    The non-dimensional parameters of interest, which will be 

used to develop the correlation, are the jet Reynolds number, 

rotational Reynolds number and Prandtl number which are 

given by 

 

Re
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U d
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Pr
pc

k


=                                                                (6) 

 

 
Figure 1 Schematic of a fully developed jet impinging 

on a rotating heated disk. Dashed red region indicates 

stagnation region 
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Here, ρ, µ, cp and k represent the density, dynamic viscosity, 

specific heat and thermal conductivity of the fluid, respectively. 

All properties are temperature dependent and defined by Carper 

et al. [14]. The ranges of jet Reynolds numbers and rotational 

Reynolds number investigated are 1300   Rej   5700 and 

10 103   Reω   17.5 104 and the Prandtl number is constant 

at Pr = 400. These ranges of parameters are chosen to maintain 

consistency with practical e-motor cooling applications.    

Heat transfer from the disk is quantified in terms of the local 

Nusselt number and area average Nusselt number given by 

 

Nu
hd

k
=                                                                                   (7) 

Nu
avg

avg

h d

k
=                                                                         (8) 

 
Where h and havg are the local and area averaged heat transfer 

coefficients given by 
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T T
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−
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A

h hdA
A

=                                                                       (10) 

 

where Ts and A represent the local surface temperature and 

impingement area, respectively. 

To model the turbulent nature of the flow, a Reynolds Stress 

Model (RSM) is used. From the work of Manceau et al. [10], 

the EB-RSM model provided the best matching with 

experimental results of Minagawa and Obi [9] for estimation of 

the radial velocity of the jet which has a strong influence on 

heat transfer, particularly in the rotation-dominated regime.  

 

Boundary Conditions and Mesh Generation   

Figure 2 illustrates the computational domain and grid used 

for simulation in a meridian plane. A hexahedral mesh topology 

is used to generate the grid which went through three levels of 

refinement. Additional simulaitons are carried out under 

identical conditions of Manceau et al. [10] for the grid 

independence test and model verification. In their study, the 

parameters of interest were Rej = 14.5 103, Reω = 24 104, l/d 

= 5 and Pr = 0.7. Due to high velocity gradients within the 

shear layer of the jet and near the impingement surface (disk), 

the grid was refined in these regions. Overall, a coarse (8 

million cells), medium (11 million cells) and fine (16 million 

cells) grid are considered. To assess the grid resolution, 

maximum and average surface temperatures, the average 

Nusselt number and the stagnation region Nusselt number (Nu 

at r = 0) Nustag are reported. No further change in simulation 

results are observed beyond a grid resolution of around 11 

million cells, hence this grid is used for all remaining 

simulations. Furthermore, this grid consisted of 15 cells within 

the boundary layer. A summary of the grid independence test is 

shown in Table 1. 

 

 

Figure 2 Refined grid used for simulation 

 
    Regarding boundary conditions, a preliminary pipe flow was 

simulated to generate the inflow conditions for the jet 

simulation. At the outlet of the pipe, all velocity components 

(Vr, Vθ and Vz) and Reynolds stresses ( ,  , , ,  

and ) are mapped to the inlet of the jet simulation. Two 

reference frames are employed in the simulation: a stationary 

reference frame attached to the fluid domain and a rotating 

reference frame attached to the disk [18]. Both reference frames 

share the same origin and z-axis, however the moving reference 

frame rotates with angular velocity of ω relative to the 

stationary frame. All fluid-solid interfaces have a no-slip 

boundary condition imposed on them. The side wall of the 

domain is a pressure outlet and is assigned a value of 

atmospheric pressure. The interface between the fluid and disk 

is thermally coupled and is assigned a rotational speed of ω 

which is varied to achieve the required Reω. To add heat to the 

system, a constant heat flux of 30000 W/m2 is applied to the 

bottom surface of the disk. Like Carper et al. [14] a sufficiently 

small heat flux is used to prevent significant changes in fluid 

properties due to temperature variations. 

Table 1. Results of the grid independence test (Tj = 300 K)  

Grid # of Cells 
Max Ts 

(K) 

Avg Ts 

(K) 
Nustag Nuavg 

1 8 Million 316.3 315.1 203.3 65.2 

2 11 Million 316.4 315.1 208.7 65.4 

3 16 Million 316.4 315.1 208.2 65.4 

 

Figure 3 Validation of radial Nusselt number distribution 
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Validation of Numerical Model  

To the authors’ knowledge, no experimental work has been 

carried out for high Prandtl number submerged jets impinging 

rotating surfaces. With this, to validate the thermal predictions 

of the computational model, additional numerical cases are 

carried out to match the conditions of Shademan [6]. In this 

work, the range of parameters considered were Rej = 10 104 

and Pr = 0.7. It needs to be noted that only stationary 

impingement was considered in [6]. To extend the validation to 

include rotational effects, the numerical results of Manceau et 

al. [10] are used for comparison. Figure 3 shows radial 

distribution of the Nusselt number, normalized by the 

stagnation region Nusselt number, predicted from the present 

RSM model to the literature. A good match with the results of 

Shademan [6] is evident. Due to the complex nature and 

modelling of the rotating flow, Manceau et al. [10] predicted 

notable variations in the Nusselt number trends when using the 

k-ω SST turbulence model and an RSM model. The present 

RSM shows good agreement with the RSM model of Manceau 

et al. [10], particularly downstream of the stagnation region (r 

> 3d). 

RESULTS AND DISCUSSION 
Effects of Jet and Rotational Reynolds Number 

    Nusselt number contours at the fluid-disk interface are 

shown for varying jet Reynolds numbers at a constant rotational 

 

Figure 4 Nusselt number contours at a constant Reω = 17.5 104 for a) Rej = 1300, b) Rej = 3500, c) Rej = 4600 and d) Rej = 5700 

 

 

Figure 5 Nusselt number contours at a constant Rej = 1300 for a) Reω = 10 103, b) Reω = 10 104 and c) Reω = 17.5 104 
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Reynolds number of 17.5 104 in Fig. 4. The trends to be 

discussed are similar over the entire range of Reω. As expected, 

and like stationary jet impingement [3-6], the average Nusselt 

number along the fluid-disk interface increases with an increase 

in jet Reynolds number. When observing the Nusselt number 

pattern along the fluid-disk interface, a jet and rotation-

dominated heat transfer regime can be qualitatively identified 

and is distinguished by the black dashed circle. Up to a certain 

radial distance, the Nusselt number is greatly influenced by 

changes in the jet Reynolds number, which is indicated by a 3.4 

times greater stagnation Nusselt number with Rej = 5700 

compared to 1300. The jet dominant heat transfer regime is 

shown to grow spatially from approximately 1d to 2d over the 

range of jet Reynolds numbers tested. Beyond the jet dominant 

regime, there are negligible changes in the Nusselt number 

which is to be expected for a constant rotational Reynolds 

number. Qualitatively, this pattern indicates the transition to the 

rotation-dominated heat transfer regime.   

    Nusselt number contours at the fluid-disk interface are 

shown for varying rotational Reynolds numbers at a constant jet 

Reynolds number of 1300 in Fig. 5. With an increase in 

rotational Reynolds number, an enhanced heat transfer is 

evident by an increase in the average Nusselt number. 

Moreover, a distinction between the jet and rotation-dominated 

heat transfer regime can again be qualitatively identified 

through observations of the contours. Up to a radial distance of 

approximately 0.5d, changes in the Nusselt number contour are 

negligible over the entire range of rotational Reynolds numbers. 

Beyond a radial distance of 0.5d, significant heat transfer 

enhancement over the range of rotational Reynolds numbers is 

shown by an approximately 3.1 times higher average Nusselt 

number with a rotational Reynolds number of 17.5 104 

compared to 10 103. From Figs 4 and 5 it is clear the jet and 

rotational Reynolds numbers have opposite effects and play 

important roles for cooling specific regions along the disk.  

 

Jet versus Rotation Dominated Heat Transfer 

    A quantitative distinction between the jet and rotation-

dominated heat transfer regimes is presented in Fig. 6. Herein, 

radial Nusselt number distributions along the fluid-disk 

interface from 0 < r/d < 6 are illustrated. The trends indicate 

that regardless of the jet and rotational Reynolds numbers, the 

peak Nusselt number is always located within the stagnation 

region which is consistent with stationary jet impingement [3-

6]. Furthermore, enhanced heat transfer is always achieved with 

an increase in jet and rotational Reynolds numbers. Upon 

observing the local Nusselt number distributions, it is possible 

to locate a transition point between a jet and rotation-dominated 

heat transfer regime which is indicated by the dashed red lines 

in Fig. 6. Since this is the first study to identify this transition 

point based on heat transfer characteristics, the transition point 

is approximated as the location where the Nusselt number 

curves deviate by more than 1%. This definition contrasts that 

of other researchers where flow patterns were of more concern 

[9-11]. For low jet Reynolds numbers around Rej = 1300, the 

transition point is within the stagnation region (r/d < 1). As the 

jet Reynolds number is increased to Rej = 3500 the transition 

point is shifted downstream (r/d ~ 0.75). The transition point 

continues to shift downstream with an increase in jet Reynolds 

number with the transition point being located at r/d ~ 0.85 and 

1.5 when the jet Reynolds number is 4600 and 5700, 

respectively. 

 
Figure 6 Radial Nusselt number distribution for a) Rej = 1300, b) Rej = 3500, c) Rej = 4600 and d) Rej = 5700. Transition 

point is indicated by dashed red line. 
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Correlation 

    Through a regression analysis, the average Nusselt number, 

deduced from Eq. 8, is correlated in terms of the jet and 

rotational Reynolds numbers. The correlation takes the form 

 
0.347 0.256Nu 0.921Re Reavg j =                                            (11) 

 

    The parity plot illustrated in Fig. 7 indicates a good 

agreement between Eq. 11 and the average heat transfer 

predicted from computations. An average and maximum error 

of approximately 9% and 25%, respectively, are reported. 

Moreover, Eq. 11 is applicable over the jet Reynolds number, 

rotational Reynolds number and Prandtl number ranges of 1300 

  Rej   5700, 10 103   Reω   17.5 104 and Pr = 400, 

respectively. 

CONCLUSIONS  
    A high Prandtl number impinging jet cooling a rotating 

heated disk was numerically studied. Effects of jet and 

rotational Reynolds number on the heat transfer characteristics 

were investigated. The major findings in this work suggest 

there is a transition between a jet and rotation-dominated heat 

transfer regime. For constant rotational Reynolds numbers, an 

increase in the jet Reynolds number will improve convective 

heat transfer rates within the vicinity of the stagnation region. 

The region of heat transfer enhancement was shown to grow 

spatially as the jet Reynolds number increases. For constant jet 

Reynolds numbers, an increase in the rotational Reynolds 

number increases convective heat transfer rates at radial 

locations beyond the transition point. The location of the 

transition point does not appear to have a strong dependency on 

the rotational Reynolds number however, is shifted radially 

outward as the jet Reynolds number increases. An average 

Nusselt number correlation is also presented under constant 

Prandtl number conditions.  
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ABSTRACT 

The global air conditioning (AC) demand have increased 

significantly, from a mere 800 TWh/yr in 2002 to 2200 TWh/yr 

in 2022, growing annually at a CAGR of 4.8%. Over this 

period, the increase in global warming effect is marked by a 

16% increase in cooling-degree days (CDD) and almost 96 % 

increase in the European Union countries. The unusually high 

ambient temperatures recorded in many countries have affected 

the regional climatic weather patterns where severe draughts, 

stronger heatwaves and cyclones or  hurricanes are increasingly 

occurring. In a business-as-usual (BAU) report on global 

cooling demand, it predicted by 2050 the AC electricity 
consumption could reach a massive 6300 TWh/yr or about 19% 

of global electricity production. Without major breakthrough in 

technology innovation and adequate green-house gases (GHG) 

emission guidelines from AC, the World Economic Forum 

predicted that the cooling industry alone could worsen the 

ambient temperatures rise by as much as 0.5-degree Celsius. In 

addition to the global warming effects from AC electricity, the 

continued usage and production of refrigerants for compressors, 

such as the hydro-chloro-fluorocarbon (HCFC) and hydro-

fluorocarbons (HFC), have damaging effects on weather 

patterns from their high specific GWP potentials, typically 

1500 times than CO2. However, the International Energy 
Agency (IEA) predicted a likely reduction of refrigerants use in 

AC and this reduction may lessen global warming gradually till 

then. The adoption of Montreal Protocol (1987) by all countries 

was an excellent example in limiting the production, 

consumption and trade of HCFCs and CFCs refrigerants. 

Similar concern in the continued production of HFC-32 and 

HFC-125 refrigerants for AC had similar bad effects to the 

environment, but the policy to curtailed their production could 

reduce emissions to the ambient by 50% and 100%, 

respectively. Despite the zero ozone potential of HFCs, their 

usage as alternative to HCFCs could still harm the environment 
due to their high GWPs.  The high energy consumption and 

GWP effect from AC refrigerants could be attributed partially 

to the low performance conventional chillers.  

We proposed innovative hybrid cooling system for future 

sustainability. In proposed system, indirect evaporative cooler 

(IEC) is integrated with mechanical vapor compression (MVC) 

chiller for effective supply air temperature and humidity control 

and overall performance improvement. We have designed, 

fabricated, and commissioned hybrid IEC+MVC system to test 

at assorted outdoor air conditions with different air flow 
arrangements and mixing. We concluded that IEC handle up to 

40% cooling load and help to save up to 45% energy 

consumption as compared to conventional MVC system alone. 

Moreover, over 75% of water required for IEC is supplied from 

condensate collected from the MVC evaporator that make this 

system viable for dry and arid regions.  

NOMENCLATURE 
AC Air-conditioning 

CCD Cooling degree day 

GHG Green house gas 

HCFC Hydro-chloro-fluorocarbon 

HFC Hydro—fluorocarbon 

GWP Global warming potential 

IEC Indirect evaporative cooler 

MVC Mechanical vapor compression 

OA Outdoor air 

WA Working air 

SA Supply air 

RA Return air 

MA Mix air 

COP Coefficient of performance 

INTRODUCTION 

In 2019, the average number of cooling degree days was 16% 

higher than in 2000 due to record-high temperatures in most 

countries of the world. These frequent and extreme heatwaves 

coupled with rising living standards are expected to accelerate 

unprecedented cooling demand in next decade. Currently, over 

2 billion air conditioners (AC) units are in operation and it is 

expected to grow to 3.5 billion by 2030 (as shown in Figure 1), 

making it the fastest-growing end use in buildings [1].  

Figure 1 Global air-conditioning stock 2015-2050 [1]. 
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By 2050, over 2/3 of global household will have AC and half of 

stock will be installed in India, Indonesia and China. The 

energy demand for space cooling has been tripled to 2199 TWh 

since 1990 and it is projected to grow to 6000 TWh by 2050 
with business-as-usual operation [2]. This increase in AC 

demand and corresponding energy consumption will cause 

potentially a massive problem for the world in terms of carbon 

and refrigerant pollution. Therefore, reducing the energy 

consumption for AC is the one of the most critical ways to 

alleviate global energy stress and cut CO2 emissions.  

 

The indirect evaporative cooler (IEC) is emerged as an 

alternative approach due to its energy efficiency [3]. It utilizes 

the water evaporative potential (>2200 kJ/kg & 1 kJ/kg-℃) to 

extract heat from outdoor air. It only utilizes electricity for fan 
and water pump. Therefore, IEC coefficient of performance 

(COP) is several times higher than conventional AC systems [4, 

5]. Despite higher COP of IEC systems, its commercial 

applications were not witnessed due to several intrinsic 

limitations. Firstly, they are unable to maintain supply air 

temperature due to passive operation. Secondly, they can only 

handle sensible load. Lastly, complex construction and high 

maintenance requirements. 

 

To overcome these limitations, we proposed hybridization of 

IEC with mechanical vapor compressor (MVC) chillers to 

improve overall system performance. With this integration, IEC 
will work as a pre-cooler for outdoor air temperature and MVC 

will help to control set temperature and humidity. The proposed 

hybrid system achieved over up to 45% performance 

improvement as compared to conventional MVC systems.  

 
 

PROPOSED HYBRID COOLER 
 

In proposed hybrid system, IEC is used as a precooler for MVC 

system. Since IEC can perform better at higher outdoor air 

temperature [6, 7], so we exploit this potential to precool 

outdoor air temperature before introducing to MVC system as 

shown in Figure 2. 

 

 

 

 

 
 

 

 

 

 

 

 

 

 

Figure 2 Schematic of hybrid IEC+MVC system 

 
In wet channel of IEC, part (20-30%) of room return air is used 

as a working air.  Humid air after wet channel is purged 

through condenser to reject refrigerant heat. High moisture in 

purged air help to maintain lower condenser temperature and 

hence lower thermal lift across compressor. 

 
Outdoor air is passed through dry channel to transfer heat to 

working air in wet channel. Cold air after dry channel exit is 

mixed with room return air and passed through the MVC 

evaporator to achieve set temperature and humidity. It can be 

noticed that only same percentage as bleed air for wet channel 

is introduced from outdoor to maintain air flow rate to room. 

 
HYBRID COOLER PILOT 
 

A pilot of proposed hybrid MVC+IEC cooler is designed, 

fabricated and commissioned at King Abdullah University of 
Science and Technology (KAUST) Saudi Arabia under KAUST 

Cooling Initiative project. Hybrid system 3D model is 

presented in Figure 3 and pilot is shown in Figure 4. 

 

 

Figure 3 Hybrid MEV+IEC system 3D model 

 

 

 
 

 

 

 

 

 

 

 

 

 

 

 
 

 

Figure 4 Hybrid MEV+IEC pilot at KAUST [8] 

 

The IEC pilot consists of 100 dry and wet channels separated 

by aluminium foil of 300 μm [8]. Similarly, MVC system 

consists of a commercial scroll compressor (Copeland™ 

ZR36K3E-TF5-522), throttling valve and fin tube heat 
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exchanger evaporator and condenser. It is operating with R134a 

refringent due to distinctive advantages over other commercial 

refrigerants.  

 
Hybrid pilot is equipped with all necessary instrumentation to 

log all possible trends. Instrumentation detail is provided in 

Table 1. 

 

Table 1 Hybrid pilot instrumentation detail  

 
 

EXPERIMENTATION 
 

Experiments were conducted at assorted OA temperature and 

humidity to evaluate the performance of hybrid pilot. Figure 5 

shows experimental results at OA humidity 16.5g/kg. It can be 

noticed that IEC was able to achieve 18-20 ℃ temperature at 

all OA temperatures in contrast to conventional IECs whose 

performance varies with OA temperature. This is because of 

working air temperature which was bled from room return air 

and its flow rate. Therefore, IEC was able to cool down the OA 

to almost same temperature at assorted OA conditions. After 

the IEC, the MVC evaporator coils further cool down the 

supply air to 8-10 ℃.  

Figure 5 Temperatures of air from IEC and MVC  

 

Coefficient of performance (COP) was calculated based on data 

logged via instrumentation and presented in Figure 6. Hybrid 

pilot improved COP 30-45% as compared to conventional 

MVC system. 

 

 
Figure 6 COP of IEC and MVC at assorted OA temperatures 

 

It can be clearly noticed that hybrid IEC+MVC system benefits 

from the high energy efficiency of IEC and has a higher COP 
than conventional MVC systems. The operation on 

psychrometric chart is presented in Figure 7. 

 

Figure 7 IEC+MVC operation on psychrometric chart 

 

 

Experiments were repeated at assorted OA humidity and 
summary of temperatures is provided in Table 2 and COP in 

Table 3. 

 

Table 2 Temperatures summary of IEC and MVC 
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Table 3 COP summary of IEC and MVC 

 

 
 

It can be clearly noticed that hybrid IEC+MVC have clear 

advantages over conventional MVC systems in terms of energy 

savings. 

 

PERFORMANCE MODEL DEVELOPMENT 
 

Finally, we developed IEC effectiveness model presented in 

Equation 1. We also developed COP model for IEC and MVC 
systems as presented in Equation 2 & 3. COP of IEC is a linear 

function of the enthalpy change. These models will help for 

quick evaluation of performance of IEC and MVC systems. 

 

 

 

 

 

 
Overall 5-8% error has been recorded in experimental data 

regression. The equations were developed using excel add-in 

for data regression. 

 

CONCLUSION  
 

A hybrid IEC+MVC cooler unit is designed, fabricated, and 

tested at assorted outdoor air conditions and performance 

improvements is evaluated. Major concluding remarks are:  

• The improved IEC configuration can pre-cool the 

outdoor air to 18-20 ℃ at all outdoor air conditions by 

utilizing room return air as a working air.  

• The MVC coil maintain 8-10C supply air temperature 
and around 10g/kg humidity.  

• The hybrid IEC+MVC improved performance 30-45% 

as compared to conventional MVC units. 

• The proposed model allows quick performance 

evaluation of IEC and MVC units. 
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ABSTRACT 
This study reveals how a unique layout of a thermal energy 

storage system filled with two different phase change materials 

(PCMs) can efficiently improve the simultaneous melting and 

freezing processes of the system. A horizontal shell-and-tube 

energy storage system is adopted where the hot and cold fluids 

pass through two pipes inside the shell at constant boundary 

temperatures of 345 K and 317 K, respectively. A validated 

transient numerical model is used to predict the melting and 

solidification behaviours of PCMs. The thermal performance of 

the baseline case (with a single PCM) is analysed and compared 

with the performance of three different dual-PCM 

configurations. For comparative purposes, PCMs are selected 

such that the average property of the dual-PCMs matches the 

baseline single PCM case. Numerical simulations are carried out 

for two different initial conditions, representing PCMS being 

completely melted and completely solidified. The results show 

that the arrangement of two PCMs with different melting-solidus 

points affect the charging and discharging rates dramatically 

when the fast-melting PCM is placed in the upper half of the unit, 

and the fast-solidifying PCM is placed in the lower half. The 

proposed layout utilises 58% of the storage capacity for the case 

with the initial condition that defined the PCMs as completely 

solidified, while the baseline case utilises 54% of its capacity. 

For the cases with the initial condition that defined the PCMs as 

completely melted, the proposed layout retrieves 24% of the 

stored heat, while the baseline case retrieves only 12% of the 

capacity, highlighting the benefit of the proposed duo PCM 

arrangement demonstrated in this study. Subsequently, the 

storage and recovery enhancement ratios during 5 h 

simultaneous charging and discharging are 17% and 67%, 

respectively. 

Keywords— PCM, Energy Storage, Phase Change Material, Heat 

Storage, charging 

INTRODUCTION 

Recently, thermal energy storage (TES) systems have gained 

considerable attention as effective tools for collecting solar 

energy. Phase change materials (PCMs) are widely used as a 

common heat storage medium in TES [1, 2]. High latent heat 

capacity of PCMs makes them potential not only in collecting 

solar energy [3], but also in energy saving at buildings [4], and 

electronics thermal management systems [5, 6].  

Poor thermal conductivity however is a major drawback of 

applying PCMs in energy storage units. Application of extended 

high-conductivity surfaces has been introduced as a common 

technique to overcome this drawback [7]. Sarvia et al. [8] 

performed a simulation study on melting improvement of phase 

change material in a horizontal double-pipe heat exchanger. 

They used longitudinal fins as thermal conductivity enhancers to 

enhance the melting rate. They discovered a faster melting rate 

at the upper portion of the annulus which was associated with the 

strong natural convection movements. As reported, application 

of fins and other thermal conductivity enhancers promote the 

melting and solidification rates in energy storage systems. 

However, these techniques bring some drawbacks such as 

reduced heat storage capacity, inhibited natural convection, 

increased total system weight and extra cost. Therefore, this 

paper aims to improve the performance of TES without the 

aforementioned disadvantages. 

Application of multiple PCMs with unlike melting/freezing 

temperature points has recently gained much attention to address 

the known problems. Mozafari et al. [3] examined the 

solidification performance of different dual-PCM configurations 

in a double-pipe heat storage unit. They found the best 

solidification response when dual-PCMs are arranged in 

annulus-shaped sections. A better thermal performance was 

obtained by defining a downward eccentricity to the sector pipe, 

such that freezing time was reduced by up to 15.1% comparing 

with the baseline case with a sole PCM.  

The improvement of PCMs has been widely studied for 

melting and freezing processes distinctly. However, only a few 

studies have been focused on the simultaneous charging and 

discharging (SCD) of PCM in energy storage systems. An SCD 

condition may happen in many real applications, such as 

domestic hot water systems, where the PCM undergoes melting 

from one side due to receiving solar energy and undergoes 

solidification from another side due to heat consumption. 

Mozafari et al. [9] studied the SCD performance of a triplex-tube 

heat exchanger with multiple PCMs and dispersed nanoparticles. 

They found a remarkable improvement (against the baseline case 

that consists of a sole PCM) when 3 layers of nanoparticle-

enhanced PCMs were applied. In another study, Mozafari et al. 

[10] introduced a novel design of dual-PCM dispersed with

nanoparticles that offered 76.9% and 32.9% heat storage and

recovery enhancement comparing to the baseline case. As

reported in literature, SCD condition for triple-tube designs has

been investigated before. However, there remains a dearth of
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knowledge on what improvements could be made specifically 

for shell-and-tube energy storage units with inside charging and 

discharging tubes. 

This paper evaluates the effect of applying different pairing 

layouts of PCMs in a horizontal shell-and-tube heat storage unit 

subjected to simultaneous charging and discharging. The phase 

change transition characteristics of PCMs are thoroughly studied 

for different configurations. The system has been analyzed for 

two different initial conditions (fully melted or fully solidified) 

highlighting the realistic conditions that may happen. A 

validated numerical approach is established to examine the 

simultaneous melting and solidifying of PCMs. Finally, an 

efficient dual-PCM layout is introduced that significantly 

enhances the rate of heat storage and recovery in the current TES 

system. 

NOMENCLATURE 

 
C [kg/s m³] Mushy zone constant 

pC  [kJ/kg K] Specific heat 

d [m] Diameter 

g [m/s²] Gravity acceleration  
h [J/kg] Specific enthalpy 

k [W/m K] Thermal conductivity 

L [J/kg] Latent heat of fusion 
P [Pa] Pressure  

S [N/m³] Momentum source term 

t [s] Time 
T [K] Temperature 

lT  [K] Liquidus temperature 

sT  [K] Solidus temperature 

u [m/s] Velocity in r direction 

v [m/s] Velocity in θ direction 

r [°] Radial coordinate 

 
Greek symbols 

ρ [kg/m³)] Density  
β [1/K] Thermal expansion coefficient 
μ [kg/ms] Dynamic viscosity (kg/ms) 
θ  Angular coordinate 

δ  Constant small number 
λ  Liquid-fraction 

ϕ  Volume fraction 

 
Subscripts 

i  Inner tube 

init  Initial 
l  Liquid PCM 

o  Outer shell 

ref  Reference 
s  Solid PCM 

 

PROBLEM DESCRIPTION 

Figure 1 displays the graphical representation of the shell-

and-tube energy storage system used in this work. The hot and 

cold fluids pass through two horizontal pipes inside the shell, 

keeping constant temperatures of 317 K and 345 K at these wall 

boundaries. The outer wall border (shell) is thermally insulated 

(zero heat flux boundary). Figure 2 presents different 

configurations of dual-PCM and the reference case with a single 

PCM. Three PCMs with different melting/solidus points are 

chosen such that the average properties of dual-PCM (PCM-1 

and PCM-3) are nearly equal to those of the single PCM (PCM-

2). Material properties are listed in Table 1. All dual-PCM 

arrangements were numerically investigated with the same 

volume of PCMs in order to have a comparative assessment of 

their performance. Figure 2 presents different configurations of 

dual-PCM and the reference single-PCM case. 

 
Figure 1 The current shell-and-tube energy storage unit 

  

  

Figure 2 Computational domains for applied single and 

dual PCM arrangements 

 

Table 1. Material properties 

Material PCM-1 

(RT-55) 

PCM-2 

(RT-60) 

PCM-3 

(RT-65) 

Copper 

k [W/m. K] 0.2 0.2 0.2 400 

Cp [kJ/kg. K] 2 2 2 0.38 

L [kJ/kg] 170 160 150 --- 

Ts [K] 324 328 331 --- 

Tl [K] 330 334 338 --- 

ρ [kg/m³] 770 770 770 8920 

μ [N. s/m²] 0.0264 0.0288 0.03 --- 
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NUMERICAL PROCEDURE 

The simultaneous melting and solidification of PCMs are 

numerically studied in a shell-and-tube heat exchanger using a 

transient 2D model. The enthalpy-porosity approach [11] is 

utilized to compute the phase change phenomena. Finite-Volume 

Method (FVM) is employed with high-order quadratic upstream 

interpolation for QUICK scheme [12] to discretize the energy, 

momentum and continuity equations.  

The pressure staggering option (PRESTO) approach is used 

correct the pressure throughout the iterative simulation, and the 

SIMPLE method is used for pressure-velocity coupling as 

recommended by Patankar [13]. The mass, momentum, and 

energy equations are solved considering the convergence setups 

of 10−4, 10−4, and 10−6 respectively. Following assumptions 

are considered in the current simulations: The liquid PCM is 

laminar, incompressible and Newtonian. The heat exchange 

through radiation is ignored. Expansion and contraction of PCMs 

during the phase change is ignored. Tube materials are assumed 

to be isotropic and homogeneous. Viscous dissipation and slip 

velocity on the boundaries are neglected. 

 

Governing equations 

The governing equations employed in this numerical approach 

are given by: 

Continuity: 
. 0V =     (1) 

Momentum: 
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Where h represents the sensible enthalpy and ΔH is latent heat 

(H=h+ΔH). Momentum sink could be expressed as: 
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The mushy zone constant is set as C = 105 𝑘𝑔/𝑠𝑚³ following 

existing literature [10, 14-16]. δ=0.001 is assumed to ensure a 

non-zero value in the denominator. The sensible enthalpy can be 

calculated as: 

ref

T

ref p
T

h h C dT= +   
(7) 

where ℎ𝑟𝑒𝑓  is the reference enthalpy at (𝑇𝑟𝑒𝑓 = 273 𝐾). The 

latent heat capacity could be determined as: 
H L =  (8) 

In the abovementioned equation, λ is the liquid fraction of 

PCM, which could be determined based on the solidus and 

liquidus temperatures (𝑇𝑠 < 𝑇 < 𝑇𝑙):  
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Boussinesq equation is used to reflect the natural convection 

effect in the liquid phase and expresses the liquid density as: 

( ) 1

m

mT T





=

− +

 
(10) 

Where 𝜌𝑚 is the original density of liquid PCM, β denotes the 

thermal expansion coefficient, and 𝑇𝑚 = (𝑇𝑠+𝑇𝑙)/2.  

 

Initial and boundary conditions 

Two different initial conditions have been investigated and 

they are: 1. Fully solidified (𝑇𝑖𝑛𝑖𝑡𝑖𝑎𝑙 = 317 𝐾), and 2. Fully 

melted (𝑇𝑖𝑛𝑖𝑡𝑖𝑎𝑙 = 345 𝐾). 

0 0, 0 & 317 345r initt u u T T K or K= → = = = =     (11) 

The boundary conditions could be expressed as follows: 
0, 0, 345

0, 0, 317

0, 0, 0

r

r

o r
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Cold pipe surface u u T K

T
r r u u
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(12) 

The following interface conditions are implemented at wall 

borders between PCM zones: 

( ) ( 1)

0

0

PCM i PCM i

r

T T

border walls u

u

+=


=
 =

    
(13) 

  

Model Validation 

The numerical approach is validated with data reported by 

Mahdi et al. [17], where simultaneous charging and discharging 

of PCM is studied. In this validation study, a horizontal triplex-

tube heat storage unit is filled with RT-82 as the PCM. As 

presented in Figure 3, the present model can predict the changes 

in liquid fraction with reliable accuracy. 

 
Figure 3 Model validation against data reported by Mahdi 

et al. [17] 

 

The effects of mesh size and time-step on the computational 

results are carefully studied. Different numbers of grids (from 

15,810 to 49820) are examined in the simulations, and it is found 

that growing the number of grids greater than 36,315 does not 

make any obvious change in predicted results. Furthermore, the 
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time step size of 0.1 s is small enough to accurately predict the 

numerical results. 

 

RESULTS AND DISCUSSION 

The numerical SCD performance of the shell-and-tube energy 

storage system investigated for a single-PCM case and three 

different dual-PCM cases. Computational results are 

comparatively discussed for two distinct scenarios (initially fully 

melted/solidified). 

 

Initially solidified condition 

In this section, the computational domains are initially kept at 

the temperature of 317 K. Liquid-fraction contours for 4 

different initially solidified cases at 1.5 h and 5 h are presented 

at Figure 4. As seen, the melting grows at vicinity of the hot tube 

in all cases. By advancing the time, the melted region grows 

upward due to the buoyancy effect of liquid PCM. Thus, 

charging at upper half of the unit is significantly higher than the 

lower half.  

 

Figure 4 Liquid-fraction contours for initially solidified 

condition 

 

In case-2, the fast-melting PCM (PCM-1 with the lower 

melting point) is selected in the left half where the hot tube is 

located. Thus, a quick melting occurs at initial stage, but this 

trend becomes weaker when the upper region is fully melted. 

According to Figure 4, case-3 shows the largest melted region 

than other cases. This is because fast-melting PCM is placed in 

the upper half with strong natural convection effect. Case-4 on 

the other hand shows small melted regions since slow-melting 

PCM (PCM-3) is located in the upper zone. 

The evolution of temperature contours for all initially 

solidified cases are presented in Figure 5. It can be seen that the 

large temperature difference exists between the upper and lower 

halves of the shell, which is a sign of strong upward natural 

convection induced vortexes. Isotherms are mostly distorted in 

the upper region, but not in the lower region, indicating that 

conduction as the heat transfer mechanism is dominant in the 

lower half. 

 
Figure 5  Temperature distributions for initially solidified 

condition 

 

Transient changes in stored latent heat in the TES system for 

different single and dual-PCM configurations are shown in 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 556 of 1061



 

 

Figure 6. The length of the storage system is considered as 1 m 

for energy calculations. As shown in Figure 6, case-3 reveals the 

best thermal performance among the cases, since it stores the 

latent heat faster and with higher amount. Interestingly, it can be 

seen in Figure 6 that case-2 exhibits a quick storage response 

within the first 110 minutes of SCD process followed by a slow 

response in the remaining time. The decaying response is due to 

the reason that only half portion of the fast-melting PCM is 

placed in the upper zone of the unit. The worst storage 

performance is observed for case-4, since the whole upper half 

is filled with the slow-melting PCM (PCM-3).  

The total amount of stored latent energies after 5 h are 1045, 

895, 1115, and 853 kJ for cases 1-4, respectively. Furthermore, 

the time-averaged value (in the whole 5 h period) of stored heat 

for mentioned cases are 659, 650, 756, and 535 kJ, respectively.  

 

 
Figure 6  Transient evolution of heat storage for all cases at 

initially solidified condition 

 

Initially melted condition 

In this section, the computational domains are initially kept at 

the temperature of 345 K. Liquid-fraction contours of all initially 

melted cases at 1.5 h and 5 h are shown in Figure 7. It is observed 

that, the solidification grows in vicinity of the cold tube on the 

right side of the unit. By continuation of the SCD process, the 

solidified region grows in downward direction where the effect 

of natural convection is weak. In the upper regions however, 

strong vortexes keep the melted PCM for a long time. The largest 

solid portion could be observed for case-3, since the fast-

solidifying PCM (PCM-3) is located in the lower half of the unit 

which is an appropriate place for solidification. 

The temperature contours for all initially melted cases are 

shown in Figure 8. Distorted isotherms in the upper halves 

denote the dominancy of natural convection mechanism in upper 

regions. Although natural convection has a positive effect on the 

melting process, but it remarkable hinders the solidification 

performance. Thus, the upper half of the unit provides a fast 

melting, but slow solidification. 

Temporal evolution of retrieved latent heat in the TES system 

for different single and dual-PCM configurations are shown in 

Figure 9. Case-3 shows the best energy retrieving performance 

among the cases, since it recovers higher amount of the latent 

with a faster rate compared with the other cases. The worst 

energy retrieving performance is observed for case-4, since the 

lower half is filled with the slow-solidifying PCM (PCM-1). The 

total amount of retrieved latent energy after 5 h are 427, 463, 

465, and 350 kJ for cases 1-4, respectively. Furthermore, the 

time-averaged values (in the whole 5 h period) of retrieved heat 

for mentioned cases are 179, 314, 318, and 235 kJ, respectively. 

  

 
Figure 7 Liquid-fraction contours for initially melted 

condition 

 

Temporal evolution of retrieved latent heat in the TES system 

for different single and dual-PCM configurations are shown in 

Figure 9. Case-3 shows the best energy retrieving performance 

among the cases, since it recovers higher amount of the latent 

with a faster rate compared with the other cases. The worst 

energy retrieving performance is observed for case-4, since the 

lower half is filled with the slow-solidifying PCM (PCM-1).  

The total amount of retrieved latent energy after 5 h are 427, 
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463, 465, and 350 kJ for cases 1-4, respectively. Furthermore, 

the time-averaged values (in the whole 5 h period) of retrieved 

heat for mentioned cases are 179, 314, 318, and 235 kj, 

respectively. 

 
Figure 8  Temperature distributions for initially melted 

condition 

 
Figure 9  Transient evolution of retrieved heat for all cases 

at initially solidified condition 

Heat storage/recovery enhancement 

In this section, enhancement ratio (𝐸𝑅) has been investigated 

for all three duo-PCM cases under different initial conditions 

(fully melted or solidified). As seen in equation (14), 𝐸𝑅 is 

defined as a ratio to measure the enhancement percentage in 

amount of stored (or retrieved) energy for a design case 

comparing to the baseline case (case-1). The transient evolution 

of 𝐸𝑅 for all three dual-PCM cases is demonstrated in Figure 10. 

As can be seen in Figure 10(a), case-2 demonstrated the best 

performance (highest 𝐸𝑅) at first 110 minutes of heat storage, 

however, case-3 shows the best overall performance in 5 h. The 

time-averaged 𝐸𝑅 during 5 h of SCD for initially solidified 

condition is found to be +13.3%, +17.1%, and -15.1% for cases 

2-4, respectively. 

For initially melted scenario (Figure 10 (b)), case-3 reveals the 

highest 𝐸𝑅 among three cases in most of the moments. The time-

averaged 𝐸𝑅 during 5 h of SCD for initially melted condition is 

found to be +70.8%, +73.1%, and +27.1% for cases 2-4, 

respectively, indicating the superiority of case-3 over other 

cases. 

1
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CONCLUSION 

The simultaneous heat storage-recovery has been studied in a 

shell-and-tube energy storage unit. Different pairing layouts of 

PCMs are comparatively examined against a single-PCM 

baseline case. Dual-PCMs are physically arranged in a manner 

such that they occupy the same area in the heat storage unit for 

all configurations.  

For a TES system consisting of shell and tube configurations, 

numerical results show that the application of dual-PCM layouts 

instead of a single-PCM design does not necessarily improve the 

melting and solidification performances. Nonetheless, an 

appropriate layout of two PCMs can significantly improve 

energy storage-recovery in comparison to a common-style unit 

with a single-PCM.  

The SCD time could be significantly accelerated by 

implementing an upper half with a low melting point PCM and 

a lower half with a high solidus point PCM. With PCMs being 

initially completely solidified, the proposed design utilizes 58% 

of the storage capacity, compared to 54% for the baseline case. 

In the case of the fully melted initial condition scenario, the 

proposed setup recovers 24% of the stored heat, while the 

baseline single-PCM arrangement only recovers 12%. The 

improvement percentages in the storage and recovery processes 

demonstrate the benefit of the application of dual-PCMs 

arrangement proposed in this study. Subsequently, the time-

averaged storage and recovery enhancement ratios for the 

offered layout during 5 h simultaneous charging and discharging 

are 17.1% and 73.1%, respectively. 

These numerical results pertain to the heat exchanger with two 

horizontal hot and cold tubes, and the specified PCMs. This 

study covers the fundamental findings on the PCMs pairing in 

comparison to single PCM. The promising results can be used 
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and extended to other types of energy storage units that consider 

the inclusion of fins component within TES. 

 

 

 

 
Figure 10  Temporal enhancement ratio for dual-PCM 

cases at: (a) initially solidified condition; (b) initially melted 

condition. 
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ABSTRACT
The finite element method is implemented to determine solu-

tions for buoyancy-driven flow in a square cavity. We consider
cases with no extended surface, only one extended surface, and
an extended surface on walls opposite and adjacent to the cold
wall. The impact of the extended surface(s) on heat transfer is
investigated. An investigation of the Peclet number estimates the
amount of artificial diffusion to be added to the Boussinesq and
heat transfer equations for stable numerical solutions to be ob-
tained. The impact of the boundary conditions and extended sur-
faces on the isotherms and velocity streamlines are plotted and
discussed.

INTRODUCTION
In this paper, we model the effects of extended surface(s) [1]

on buoyancy-driven flow in a square cavity. The extended sur-
faces act as a heat source attached to the boundary extending into
the fluid. buoyancy-driven flow arises from temperature gradi-
ents that create a density difference in the fluid. The Boussinesq
approximation to the Navier-Stokes equations is used to model
the fluid flow as variations in fluid properties are neglected except
for the changes in density that occur because of the temperature
change. We investigate three specific cases. Firstly, we consider
the case where there are no extended surfaces in the fluid. We
next consider the case where there is only one extended surface
on the wall opposite the cold wall. The third case we consider
is the case where there are extended surfaces on the walls adja-
cent and opposite to the cold wall. The wall that does not have
an extended surface has insulated boundaries or boundaries with
fixed temperatures. The finite element method is used to sim-

NOMENCLATURE

m [-] meters
s [-] second
K [-] Kelvin
kg [-] kilogram
x [-] horizontal coordinate
y [-] vertical coordinate
W kg.m2/s3 Watts
J kg.m2/s2 Joule
g m/s2 gravity
p kg/(m.s2) pressure
q W heat flux across boundary
A m2 area of the square cavity
P m perimeter of the square cavity
L m characteristic length of square cavity
L∗ m characteristic length scale of the flow
U m/s characteristic velocity

Special characters
α 1/K thermal expansion coefficient
β m2/s thermal diffusivity
ν m2/s kinematic viscosity
µ kg/(m.s) dynamic viscosity
k W/(m.K) thermal conductivity
Cp J/(kg.K) specific heat capacity
h W/(m2.K) convective heat transfer coefficient
Tw K temperature at the wall
Ts K temperature of surrounding fluid
Thot K temperature at the hot wall
Tcold K temperature at the cold wall
Ra gβ(Tw −Ts)L3/(να) dimensionless Rayleigh number
Nu h.L/k Nusselt number
Gr gβ(Tw −Ts)L3/ν2 Grashof number
Pr µCp/k Prandtl number

ulate the system of partial differential equations modelling the
buoyancy-driven flow.

A variety of computational approaches have been imple-
mented to simulate buoyancy-driven flow. This paper uses a
finite element analysis to simulate the flow. We follow the ap-
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proach of Pinto et al. [2] who model the flow of air in a square
cavity. Surendar et al. [3] use a finite volume method coupled
with a modified alternating direction implicit method to solve a
problem on buoyancy-driven flow. Tian et al. [4] consider a lat-
tice Boltzmann method. buoyancy-driven flow in a cavity with
staggered, vertical walls is investigated by Quintino et al. [5] us-
ing a SIMPLE method. Numerical solutions derived by different
methods for buoyancy-driven flow in a square cavity have been
compared by Moore and Davis [6].

Malomar et al. [7] consider a porous square cavity with si-
nusoidal heating of one wall. Malomar et al. [7] show that the
variation in temperature causes a secondary flow to appear. Pu
and Kawahira [8] consider high Rayleigh number flows for un-
steady buoyancy-driven flow in a square cavity. The Rayleigh
numbers considered by Pu and Kawahira [8] are Ra = 107 and
Ra = 2× 107. The investigation of Adnani et al. [9] follows
from the work of Pu and Kawahira [8]. Except that Adnani et al.
[9] determine solutions for different Prandtl numbers. Surendar
et al. [3] investigate buoyancy-driven flow in a partially heated
cavity with an inner square. The study of free convection in a
square cavity with a fin attached to the cold wall has been inves-
tigated by Jani et al. [10]. Tian et al. [4] use a power function
to model the wall heating. Loukili et al. [11] simulate flow in an
H-shaped cavity. Djoubeir et al. [12] consider partially heated
walls. Ghader et al. [13] investigate no-penetration boundary
conditions for the density and the no-slip conditions at the walls.
Ghader et al. [13] study the Boussinesq and heat transfer equa-
tions vorticity-stream function form.

In this paper, we distinguish between an extended surface and
a fin. An extended surface is just an extension of the walls of
the domain into the fluid. In contrast, a fin has thermo-physical
properties that can be adjusted [1]. The nonlinear partial differ-
ential equations modelling buoyancy-driven flow is solved nu-
merically. De Vahl Davis and Jones [14] and De Vahl Davis
[15] have determined benchmark results for solving the stream
function formulation of the Boussinesq equation Liu, Wang and
Johnston [16] develop a fourth-order scheme to solve for the un-
steady Boussinesq equation in a square cavity is developed. Tian
and Ge [17] implement a fourth-order compact finite difference
scheme to obtain solutions to the steady Boussinesq equations
modelling natural convection in a square cavity. Tian and Ge
[17] consider different boundary conditions for the temperature
at the square boundaries.

When implementing the FEM to solve the nonlinear system of
model equations, we add artificial diffusion. Owen [18] shows

that artificial diffusion is needed to stabilize the convective term
in a transport equation. The artificial diffusion is incorporated
into the physical diffusion term. Artificial diffusion has been
used by Pires and Bodner [19] to stabilize the flow of an Oldroyd-
B fluid by modifying the stress. We add artificial diffusion to
the model equation to ensure the numerical schemes we have
implemented are stable and convergent. As with the work of
Owen [18] and Pires and Bodner [19] we show that the artificial
diffusion can be incorporated into the coefficient of the diffu-
sion terms of the Boussinesq and heat transfer equations. The
amount of artificial diffusion to add is obtained from examining
the Péclet number, Pe, that represents a ratio of convection to
diffusion. If the Péclet number is bigger than the order of the
mesh, we need to introduce artificial diffusion. We investigate
grid convergence using the approach outlined by Roache [20;
21]. Temporal buoyancy-driven flows affect the entropy of the
system and are investigated using the Bejan number [22]. In this
article, we investigate steady flow, so there is no need to analyze
the Bejan number.

NUMERICAL SOLUTION OF THE MODEL EQUATION
The flow we are modelling arises due to a change in the den-

sity of the fluid as a result of a temperature change. The tem-
perature change is caused by a temperature difference that exists
between a hot and cold wall. Density and temperature have an
inverse relationship, with density decreasing as the temperature
increases. This decrease in density causes the fluid to rise. This
motion of the fluid arises due to a buoyancy force. The viscosity
of the fluid counteracts buoyancy. Two dimensionless numbers
are used to describe the flow - the Grashof number, Gr, and the
Prandtl number, Pr. For the problem under consideration in this
paper, we fix the temperature of the cold wall is Tcold = 273.15K
while the temperature of the hot wall is Thot = 283.15K. When
plotting the non-dimensional temperature θ, we use a reduced
temperature of the form θ∗ = T/Tmax [23] where Tmax is the
maximum temperature at the wall. The temperature range we
consider is therefore given by T ∈ [0.964754,1.0]. The fluid we
consider in this paper is water. The thermophysical properties of
the water [24; 25] at 20oC are presented in table 1 below.

The Boussinesq approximation to the Navier-Stokes equations
in dimensional form are given by

(
u

∂u
∂x

+ v
∂u
∂y

)
+

1
ρ

∂p
∂x

= ν

(
∂2u
∂x2 +

∂2u
∂y2

)
, (1)
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Table 1. Thermo-physical properties of water

Symbol Definition Property of water value at 20oC

ν kinematic viscosity 1.004 ×10−6 m2/s

µ dynamic viscosity 1.002 ×10−3 Pa.s

k thermal conductivity 598.4 ×10−3 W/(m.K)

ρ density 998.21 kg/m3

Cp specific heat capacity 4.1818 ×103 J/(kg.K)

α thermal diffusivity k/(ρ.Cp ) 1.42638 ×10−7 m2/s

β thermal expansion coefficient 207 ×10−6 1/K

h convective heat transfer coefficient 5000 W/(m2.K)

g gravitational constant 9.8 m/s2

(
v

∂v
∂x

+u
∂v
∂y

)
+

1
ρ

∂p
∂y

= ν

(
∂2v
∂x2 +

∂2v
∂y2

)
+gβ(T −Ts) , (2)

with the continuity equation

∂u
∂x

+
∂v
∂y

= 0. (3)

The steady heat transfer model is given by

ρCp

(
u

∂T
∂x

+ v
∂T
∂y

)
= k

(
∂2T
∂x2 +

∂2T
∂y2

)
. (4)

We define Cp as the specific heat capacity, k is the thermal con-
ductivity and T = T (x,y) is the temperature. We consider the
non-dimensionalisation from Nie and Xu [26] given by

x∗ =
x
L

∗
, y∗ =

y
L∗ , u∗ =

u√
gβ(Tw −Ts)L∗

,

v∗ =
v√

gβ(Tw −Ts)L∗
,

p∗ =
p

ρgβ(Tw −Ts)L∗ , θ =
T −Ts

Tw −Ts
, (5)

where L∗ is a characteristic length scale associated with the flow
obtained from the area and the perimeter of the cavity.

The non-dimensionalised Boussinesq approximation to the
Navier-Stokes equations is given by(

u∗
∂u∗

∂x∗
+ v∗

∂u∗

∂y∗

)
+

∂p∗

∂x∗
=

1√
Gr

(
∂2u∗

∂x∗2 +
∂2u∗

∂y∗2

)
, (6)

(
v∗

∂v∗

∂x∗
+u∗

∂v∗

∂y∗

)
+

∂p∗

∂y∗
=

1√
Gr

(
∂2v∗

∂x∗2 +
∂2v∗

∂y∗2

)
+θ, (7)

∂u∗

∂x∗
+

∂v∗

∂y∗
= 0, (8)

where, Gr, is the Grashof number that measures the ratio of buoy-
ancy to viscous forces. The Grashof number is given by

Gr =
gβ(Tw −Ts)L∗3

ν2 , (9)

where g is the gravitational acceleration constant, β is the thermal
expansion coefficient, Tw is the temperature at the heated wall, Ts

is the temperature in the surrounding fluid, L∗ is a characteristic
length scale of the flow to be introduced later, and ν is the kine-
matic viscosity. The Grashof number is a ratio of the compet-
ing buoyancy force and fluid viscosity. If the Grashof number,
Gr < 4× 108, a laminar boundary layer forms in the fluid. If
Gr > 4×108 the boundary layer is turbulent [27].

The non-dimensionalised heat transfer equation is given by

(
u∗

∂θ

∂x∗
+ v∗

∂θ

∂y∗

)
=

1
Pr

√
Gr

(
∂2θ

∂x∗2 +
∂2θ

∂y∗2

)
, (10)

where the Prandtl number is defined by

Pr =
µCp

k
, (11)

where ν is the kinematic viscosity, and α is the thermal diffusiv-
ity. The Prandtl number is a ratio of the viscous boundary layer
to the thermal boundary layer that develops in the fluid. Thermal
diffusivity dominates the flow when the Prandtl number is small,
i.e. the heat diffuses quicker when compared to the momentum.
Flows with large Prandtl numbers are dominated by viscous dif-
fusivity.

Boundary conditions appropriate for the problem we are in-
vesting are as follows:- on the domain x ∈ [0,L] and y ∈ [0,L] we
have the no-slip boundary conditions

u∗(0,y) = 0, u∗(L,y = 0), u∗(x,0) = 0, u∗(x,L) = 0,

v∗(0,y) = 0, v∗(L,y = 0), v∗(x,0) = 0, v∗(x,L) = 0.
(12)
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We set

p∗(0,0) = 0, (13)

as a starting value for the pressure. For the top and bottom wall
we have the fixed temperature boundary conditions

θ(x,L) = Tcold , θ(x,0) = Thot . (14)

For the side-walls (or adjacent walls) we have the fixed tempera-
ture boundary conditions

θ(0,y) = Thot , θ(L,y) = Thot , (15)

or

∂θ

∂x
(0,y) = 0,

∂θ

∂x
(L,y) = 0, (16)

for insulated ends. In the rest of the manuscript we suppress the
superscript ∗ that indicates dimensionless quantities. The fixed
temperature boundary conditions (15) are applied to extended
surfaces and their corresponding walls in the cases where the
extended surfaces are included.

As we are investigating a square cavity, the height and width
of the cavity is L. For case A, we find that the perimeter, P = 4L,
and the area, A= L2. For case B, we let the width of the extended
surface be 2x where x is a variable. The extended surface height
is y, where y is a variable. The perimeter for case B is P= 2(2L+
y). The area for case B is A = 2(L− y)+ (L−2x)y. For case C,
the extended surfaces on the sidewalls have a height of 2x and a
width of y while the extended surface on the bottom wall has a
height y and width 2x. For case C the perimeter is P= 2(2L+3y)
and the area is A = L2 −6xy. We define the characteristic length
of flow, L∗, as L∗ = A/P.

We next consider the stability of solutions to the system of
equations (6) to (10). Tsai et al. [28] show that an instabil-
ity in convective buoyancy-driven flow arises when there is a
transverse-roll instability or a poorly chosen boundary condition.
We do not expect any instabilities to develop in the simulation of
this problem as there is no boundary condition that can cause a
roll-instability to develop. Dizjeh and Brinkerhoff [29] investi-
gate the stability of buoyancy-driven flow in a vertical channel.
Dizjeh and Brinkerhoff [29] show that disturbances whose phase
velocity is less than the peak velocity are sustained. The orders

Figure 1. Schematic showing the different cases considered in
this paper. Case A has no extended surfaces. Case B has one
extended surface. Case C has 3 extended surfaces.

of the Grashof numbers considered in the paper by Dizjeh and
Brinkerhoff [29] is O(1010) and O(1011) with a Prandtl number,
Pr = 0.708. The aspect ratio (length to width) of the channels
they investigate are 8, 10, 40/3 and 20. In this paper the aspect
ratio is 1, the Prandtl number is 7.0388, and the Grashof number
is O(109). We are well within the tolerances obtained by Dizjeh
and Brinkerhoff [29].

NUMERICAL METHOD
In this section, we discuss the numerical approach we have

taken in this paper. We make use of the differential equation
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solver NDSolve from MATHEMATICA 12.3.1 [30]. We are
using the finite element method to solve the system of coupled
equations (6)-(10). NDSolve uses interpolation to approximate
the values of the velocity components, temperature and pressure.
We set the order of the interpolation to second-order for the ve-
locity components and the temperature. The pressure is approx-
imated by a first-order interpolating function. The mesh is of
second-order, and the number of cells in the grid is set by pre-
scribing the maximum cell measure.

The domain on which we solve the problem is x ∈ [0,1] and
y ∈ [0,1]. We consider three different cases when solving the
system (6)-(10). Each case has a fixed number of boundary con-
ditions associated with it. In this section we consider firstly the
magnitude of the parameters for a square cavity where L = 1.0,
x = 0.1 and y = 0.25.
Table 2. Values of the characteristic lengths and dimensionless
numbers where H = 1.0 and W = 1.0, x = 0.1, and y = 0.25.

Case L∗ Gr Ra Pr φ

A 0.25 4.71672×108 3.32001×109 7.0388 0.00797185

B 0.377778 1.62753×109 1.14559×1010 7.0388 0.0120464

C 0.154545 1.11427×108 7.84309×108 7.0388 0.00492805

To ensure numerical stability we need to add artificial diffu-
sion to the system. To calculate the amount of artificial diffusion
to add to the Boussinesq and heat transfer equations we need to
know the coefficients of the diffusion part and the convection part
of the equation. We let the diffusion coefficient be denoted by
Bdiff and the convection coefficient be denoted by Bconv. Writing
the non-dimensional Boussinesq equation (6)-(8) and the heat
transfer equation (10) in vector form we obtain

√
GrV∗.∇V∗+

√
Gr∇p = ∇.(∇V ∗)+

√
GrF∗, (17)

where V∗ = (u∗(x,y),v∗(x,y)) is the two-dimensional velocity
vector, F∗ = (0,θ) and

Pr
√

GrV∗.∇θ = ∇.(∇θ) . (18)

In equation (17) the coefficient of the diffusion term Bdiff = 1.0
while the coefficient of the convective term is the vector Bconv =

(
√

Gr,
√

Gr). For the heat transfer equation (18) the coefficient
of the diffusion term Hdiff = 1.0 and the coefficient of the con-
vective term Hconv = (Pr

√
Gr,Pr

√
Gr). We know from Table 2

that the Grashof number depends on the characteristic length L.

The amount of artificial diffusion to be added to the Boussinesq
equation is denoted Bart and the corresponding quantity for the
heat transfer equation is denoted by Hart. The modified Boussi-
nesq and heat transfer equations are given by

√
GrV∗.∇V∗+

√
Gr∇p = (Bdiff +Bart)∇.(∇V ∗)+

√
GrF∗,

(19)
and

Pr
√

GrV∗.∇θ = (Hdiff +Hart)∇.(∇θ) . (20)

The Péclet number given by

Pe =
||(B,H)conv||×h

2×min(abs((B,H)diff)))
, (21)

and the modified Péclet number by

Penew =
||(B,H)conv||×h

2∗min(abs((B,H)diff +(B,H)art))
. (22)

where (B,H)art is the amount of artificial diffusion to be added
for the Boussinesq or heat transfer equations. The diffusion to be
added is calculated using

(B,H)art =
dmesh hmin ||(B,H)conv||

mesh order
, (23)

where dmesh = 1/mesh dimension = 1/2, hmin is the minimum
element diameter and mesh order = 2. Stability arises when the
magnitude of the modified Péclet number is less than the order
of the mesh. In Table 3 we show the magnitude of the artificial
diffusion and the updated Péclet number for each of the cases
under consideration in this paper. For cases A, B and C the value
of φ from (??) is φ = (0.00797185,0.0120464,0.00492805) re-
spectively.

In Table 3 we show how increasing the number of cells re-
duces the magnitude of the Péclet number. This in turn means
we have to add a correspondingly smaller amount of artificial
diffusion to improve the stability of the numerical solution.

We consider buoyancy-driven flow in a square cavity when
there are no extended surfaces in the cavity plotted in Figure 2.
In case I, the walls opposite and adjacent to the cold wall have
insulated boundaries. The temperature distribution in this cavity
is stratified with the temperature going from coldest at the top
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Table 3. Values of the Péclet number and the updated Péclet
number.

Case Max Cell Measure PeB Bart updated PeB

A 0.00125 529.55 264.775 1.99247

0.000625 383.924 191.962 1.98964

0.0003125 269.42 134.71 1.98526

B 0.00125 983.675 491.838 1.99594

0.000625 356.582 491.838 1.99441

0.0003125 500.466 250.233 1.99204

C 0.00125 257.384 128.692 1.98458

0.000625 186.603 93.3017 1.97879

0.0003125 130.95 65.4749 1.96991

Case Max Cell Measure PeH Hart updated PeH

A 0.00125 3727.4 1863.7 1.99893

0.00625 2702.36 1351.18 1.99852

0.00625 1896.39 948.197 1.99789

B 0.00125 6923.89 3461.95 1.99942

0.00625 5019.82 2509.91 1.9992

0.00625 3522.68 1761.34 1.99887

C 0.00125 1811.67 905.837 1.99779

0.000625 1313.46 656.732 1.99696

0.0003125 921.729 460.864 1.99567

to hotest at the bottom. There is no convection of the temper-
ature in the cavity. In case II, the temperature of the opposite
and adjacent walls are cold. The temperature at the bottom wall
is Thot . There is some convection taking place in the cavity, but
overall there is very little mixing of the temperature in the cav-
ity with the isotherms taking a parabolic shape. In case III, the
temperature of the walls opposite and adjacent to the cold wall is
Thot . The isotherms have a parabolic shape indicating very little
convection induced mixing of the temperature. The results from
Figure 2 indicate that a physical intervention is required to cause
the temperature to be more evenly distributed in the cavity. In
the figures below the legend title K/Kmax represents the scaled
temperature.

We next consider buoyancy-driven flow in a square cavity
when there is one extended surface plotted in Figure 3. In case 1,
there are insulated boundaries on the opposite and adjacent walls
to the cold wall. The extended surface causes some convective
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Figure 2. Figure showing isotherms of the temperature θ(x,y)
and the velocity streamlines when there is no extended surface in
the cavity.

mixing but not enough to ensure there is an even distribution of
the heat/cold in the cavity. In case 2, the temperature of the op-
posite wall is Thot while the temperature of the adjacent walls are
Tcold . Thot is uniformly distributed at the base of the cavity while
the isotherms have a parabolic shape. In case 3, the walls op-
posite and adjacent to the cold wall have temperature Thot . The
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isotherms once again have a parabolic shape with the temperature
in the cavity dominated by the heat from the extended surface and
hot walls. In case 4, only the temperature of the extended surface
is Thot . The resulting isotherms have a rectangular shape with the
heat centered at the extended surface. We note that one extended
surface is not enough to impact the temperature distribution in
the cavity.

We finally consider the effect of three extended surfaces on
increasing convection in buoyancy-driven flow plotted in Figure
4. In case I the temperature in the extended surface is Thot while
the walls surrounding the extended surface are insulated. The
temperature at the top wall is Tcold . In case 1 there is a clear
limit to the effect of the cold wall on the temperature in the cav-
ity. There is a lack of convection in the lower half of the cavity.
This case shows that there is no benefit to have insulated bound-
ary conditions when there is an extended surface on three walls.
In case 2, the walls surrounding the extended surfaces are tem-
perature Tcold . The temperature in the extended surfaces is Thot .
In this case the convection is felt throughout the cavity with the
heat concentrated in the centre of the cavity around the extended
surfaces. The extended surfaces in this case aid convection and
evenly spread the cold throughout the cavity. The configuration
in case 2 is ideal for applications in which the temperature needs
to be concentrated in the centre of the cavity. In case 3 the tem-
perature of the walls surrounding the extended surfaces have the
same temperature as the extended surfaces. We note the lack of
convection in the lower half is amplified by fixing the tempera-
tures of the walls. The extended surfaces in this case do not cause
an increase in convection away from the cold wall.

CONCLUSION
In this paper we implemented the finite element method to

determine solutions for buoyancy-driven flow in a square cavity.
The stability of the numerical scheme is improved by adding arti-
ficial diffusion. We show that the cases with no extended surface
and one extended surface do not enhance heat transfer. Having
three extended surfaces has the biggest impact on heat transfer.
For applications that require a uniform distribution of heat away
from the walls, the configuration with three extended surfaces is
the best.

Future work will include temporal effects as in the investiga-
tions of Pu and Kahawita [8] as well as research into the indepen-
dent heating of the extended surface on enhancing heat transfer.
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Figure 3. Figures showing isotherms of the temperature θ(x,y)
and the velocity streamlines when there is only one extended sur-
face in the cavity.
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Figure 4. Figures showing isotherms of the temperature θ(x,y)
and the velocity streamlines when there are three extended sur-
faces.
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ABSTRACT
We collected experimental data of water-based nanofluids and

showed in a previous paper that Maxwell’s equation approxi-
mates the measured thermal conductivity reasonably well despite
a huge scatter amongst the data in the literature. Here, we ex-
tended this database and looked for the influence of further vari-
ables, next to concentration, temperature, and nanoparticle sur-
face, using linear mixed models. We used linear mixed models
based on a marginal model to estimate the proportion of varia-
tion in outcomes due to variation between studies (publication).
We found influences from material and surfactants on the ther-
mal conductivity, which allows for an estimation of the appli-
cability in heat transfer applications. The influence of zeta po-
tential measurements clearly showed the importance of agglom-
eration in nanofluids. In summary, we show that the material
of the nanoparticles, surfactant, and zeta potential influence the
thermal conductivity of nanofluids. Using linear mixed models
partly explained variability in the data due to study-level differ-
ences. The main influence for the increase in heat transfer can
be attributed to the agglomeration of particles, which needs to be
further investigated experimentally. The use of carefully gener-
ated, reproducible suspensions is indispensable to advancing the
field of nanofluids beyond the state of the art.

NOMENCLATURE

k [W/mK] Thermal conductivity
T [K] Temperature
d [nm] Nanoparticle diameter
S [1/nm] Nanoparticle surface
ID [-] Identification number (publication)
p [-] Propability
û [-] Estimation of random effect

Special characters
ϕ [-] Volume fraction ratio
ζ [mV] Zeta potential
ε [-] Residual random effect
χ2 [-] χ2 hypothesis test
σ2 [-] Regression residuals

Subscripts
e f f Volumetric effective expression
re f reference

INTRODUCTION
Nanofluids are colloidal dispersions of nanoparticles used in

heat transfer applications. The experimentally measured increase
in thermal conductivity due to the dispersion of nanoparticles
can be fairly well predicted by Maxwell’s effective medium the-
ory [1], as shown in recent statistical analyses of water-based
and ethylene glycol-based nanofluids [2], [3]. In these works,
databases of experimentally measured thermal conductivity were
compiled and statistically analysed with a linear (regression)
model for all data and single materials. Next to the concentration,
the temperature and surface of the nanoparticles showed signifi-
cant influences on the thermal conductivity. A large scatter in the
experimental data was revealed in these analyses. Here, we com-
bined these databases and extend the analyses to linear mixed
models (LMM), which allow an investigation of variables that
influence the thermal conductivity. These random effects are not
correlated to the fixed effects of concentration, temperature, and
surface. We grouped the data according to their publication (ID)
to quantify the discrepancies solely due to variation across stud-
ies. We further analysed influences from base fluids, materials,
and zeta potential on the thermal conductivity. The use of linear
mixed models allows a comparison of different models, based on
varying random effects. Finally, the results give an impression of
potential reference materials and characterisation essentials.

METHODS
The combined database consists of 2919 data points out of 123

publications with thermal conductivity k, the data for concentra-
tion ϕ, temperature T , and nanoparticle size d as main variables.
The reference temperature Tre f = 293 K was used to normal-
ize the temperature, and the nanoparticle size was converted to
a specific surface as Sre f = 1/d. Additionally, the base fluid,
material, and zeta potential (1 as an indicator for measurement
and 0 as a reference value, corresponding to missing measure-
ments) were also collected and analyzed in separate models. We
performed statistical analyses with lme4 in R version 4.0.4 [4].
Calculation of the regression is done with lmer() by ML estima-
tion. T-tests are used to calculate the significance of the variables,
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which are indicated with p-values. Comparison of regressions is
done with the analysis of variance ANOVA() in use of Akaike
(AIC) and Bayesian information criteria (BIC), likelihood es-
timation and χ2-test, indicated with p-values. The models are
based on a marginal model and consist of fixed effects and ran-
dom effects, while the random effects are replaced by different
variables. The ANOVA always takes place in comparison to the
marginal model.

Our marginal model includes the minimum number of param-
eters to describe the correlation. Next to the fixed effects concen-
tration, temperature and surface, a random effect is implemented.
Each publication is assigned an ID, which groups the data ac-
cording to its publication. This marginal model can be written
as: ke f f 1+ϕ+Tre f +Sre f +(1 | ID). The fixed effects are taken
from the previous publications [2], [3]. Parentheses indicate the
random effects, with the ID as a grouping factor affecting the
intercept (the constant) of the model. Factor 1 as indicated in
parentheses in the marginal model is replaced by other variables
in different analyses carried out in this work (indicated as û):
base fluid, zeta potential, and material.

RESULTS AND DISCUSSION
We used linear mixed models and analysed different variables

base fluid, zeta potential and material as random effects with the
grouping factor over the ID of the publication. The fixed effects
concentration, temperature and surface are the same for all mod-
els. The estimations of the different models for random and fixed
effects are shown in table 1.

The results show that study-related influences (e.g. measure-
ment errors, manufacturing process) with a possible impact on
the thermal conductivity, can be identified and excluded with the
use of random effects, as seen in the differing variance for the
ID (see also fig. 1). While the intercept and the influence of the
different variables in the models change, the residual ε, the inex-
plicable residual variance, is nearly the same in all models. Sim-
ilar to this, the fixed effects only show small differences, which
speaks for a sound marginal model [5]. With these models, the
fixed effects model the mean of the thermal conductivity, while
the random effects govern the variance-covariance structure. The
results of the fluid model show that the enhancement in thermal
conductivity in water-based nanofluids is less pronounced than
in ethylene glycol-based nanofluids, probably due to their lower
stability [6][7]. As the variance is higher for H2O in comparison
to EG (see the estimates of ID and û), the EG data seem more
reliable. The zeta model, with the zeta potential as an indicator
for stability of dispersions, indicates a smaller effect on the ther-
mal conductivity when the zeta potential is measured. The only
difference between the zeta model and the marginal model is in
the random effects. Thus, the higher variance (ID and ζ = 1)
indicates that stable dispersions have less effect on the thermal
conductivity than non-measured dispersions.

The intercept of fixed effects in the materials model is lower
since the random effect variables material and ID are uncorre-
lated, as otherwise, the number of levels (number of materials)
influence the model [8]. As a result, the intercept in the random

Table 1. Results for linear mixed models with different vari-
ables. The table shows the random effects ID, variable û, and
residual with variance and standard deviation. For the materials,
the minimal/maximal value is shown. The lower part of the table
shows the fixed effects with estimation and standard error. Sig-
nificance is for all fixed effects at p < .001.

Random effects marginal fluid

ID (intercept) 0.015±0.124 0.028±0.168

Estimate û 0.018±0.132

Residual ε 0.005±0.072 0.005±0.071

Fixed effects marginal fluid

Intercept 1.03±0.01 1.02±0.01

ϕ 3.43±0.08 3.46±0.08

Tre f 0.46±0.03 0.46±0.03

Sre f 0.11±0.02 0.11±0.01

Random effects zeta material

ID (intercept) 0.019±0.136 9e−11 ±9e−6

Estimate û 0.008±0.090 6e−4(Co3O4)

0.163(BN)

Residual ε 0.005±0.071 0.004±0.066

Fixed effects zeta material

Intercept 1.03±0.01 0.99±0.01

ϕ 3.43±0.08 3.46±0.07

Tre f 0.45±0.03 0.45±0.03

Sre f 0.12±0.02 0.13±0.02

effects tends toward zero. The influence of the materials ranges
between three powers of ten, the minimum and maximum vari-
ance are given in the table and all materials are plotted in figure 2.
Higher variances in random effects, as in Boron nitride, coincide
partially with high residuals, which makes such materials unsuit-
able for experimental research. Materials with low variances and
small residuals are SiO2 and SnO2, which could be used as refer-
ence materials in future studies.

The results of the fluid and zeta models are visualized in fig-
ure 3, which shows the thermal conductivity k dependent on the
surface area S for three ranges of concentration. The fixed ef-
fects show the regression line, and the random effects only affect
the confidence intervals. The different models are shown in sub-
graphs with the fluid model in A and the zeta model in B. The
results of figure 3 verify the trends of increasing thermal conduc-
tivity with increasing particle surface and increasing concentra-
tion. The influences of fluid and zeta potential are hidden in the
confidential intervals but significantly affect the thermal conduc-
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Figure 1. Random effect residuals of variable ID. Study-
dependent variance shown as blue circle including 95% confi-
dence interval.

tivity. This is confirmed by the ANOVA analysis summarized in
Table 2 for all models.

Table 2. Analysis of Variance (ANOVA) of the models with
the number of parameters n, AIC, BIC, loglikelihood, and Chi2
test including degrees of freedom (df) and P-values.

marginal fluid zeta material

n 6 8 8 259

AIC −6642 −6722 −6662 −6643

BIC −6606 −6674 −6614 −5094

LogLike 3327 3369 3339 3580

deviance −6654 −6738 −6678 −7161

χ2 83.5 23.6 483

df 2 2 251

P(> χ2) < .001 < .001 < .001

Random effects Residuals

−0.5 0.5

(Intercept) Ag

−0.5 0.5

Al Al2O3

−0.5 0.5

AlN Au

−0.5 0.5

BN CNT

Co3O4 Cu CuO Fe Fe2O3 Fe3O4 G GO

MgO

−0.5 0.5

ND SiC

−0.5 0.5

SiO2 SnO2

−0.5 0.5

TiO2 ZnO

Figure 2. Random effect residuals of variable ID for all mate-
rials. Study-dependent variance shown as blue circle including
95% confidence interval.

All models have significant P-values (< .001), describing that
the variables fluid, zeta potential, and material affect the thermal
conductivity of nanofluids. For the fluid and zeta potential, the
significant effect is very likely due to the increased stability of
the dispersion, which occurs in ethylene glycol-based nanofluids
and is experimentally observed with zeta potential measurements
[6][7]. The comparison to other fluids needs to be done experi-
mentally and statistically. However, the measurement of stabil-
ity, in particular, to enable estimations of the level of agglomer-
ation of nanoparticles, should be mandatory in all experimental
studies. The comparison of materials suggests reference materi-
als (e.g. SiO2 or SnO2) and points out less well-suited materials
(BN). Again, with careful, extensively characterized experimen-
tal measurements, this evaluation could be further improved to
find suitable materials.
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Figure 3. Linear regressions of effective thermal conductivity
k versus specific surface S for different concentrations (see leg-
end). The regression line is described with fixed effects, confi-
dence intervals are based on random + fixed effects. (A) Fluid
model, (B) Zeta model.

The overall residuals σ2 for the material model are displayed
in figure 4. The predicted values are plotted against the residuals
according to their material. As already indicated, the residuals
of CNT and BN differ most prominently from the other data,
which can be seen in the far right data points. The residuals
scatter mostly between kpred ∈ [0.8,1.5] with residuals of about
σ̂2 ∈ [−0.1,0.1], while the scattering increases with increasing
predicted thermal conductivity. The mixture of data points and
materials shows no preference for favourable single materials.

CONCLUSION
We showed with the use of linear mixed models that variables

such as base fluid, zeta potential, and material have a significant
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Figure 4. Residuals dependent on predicted values for material
model. Individual materials are colored separately (see legend).

effect on thermal conductivity. The fixed effects in all regres-
sion models only changed to a small extent, which speaks for
a profound model. The comparison of water to ethylene glycol
showed higher effectiveness of EG towards the thermal conduc-
tivity possibly due to the increased stability. Our linear mixed
model for different materials can be used to estimate the per-
formance and robustness of the particle material, and thus their
applicability. The estimators for the materials showed that Boron
nitride and Carbon nanotubes exhibit high scatter, while Silicon
dioxide and Tin oxide only show small effects and can be used
as reference materials. The zeta model revealed a smaller effect
on thermal conductivity if the zeta potential is measured. This
is again in favour of possible enhanced stability in dispersions
with measured zeta potential. All in all, the precise characteri-
sation and measurements of nanofluids affect the comparability
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between publications.
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ABSTRACT 
In the paper, the influence of the roughness of cylindrical 

surfaces of Inconel 600 sensors on the intensity of heat 

dissipation during cooling by water jets and spray under high-

temperature conditions was investigated. The assessment was 

made on the basis of the obtained average values of the heat 

transfer coefficient and the heat flux on the cooled surface. To 

determine the boundary conditions, the inverse method  for the 

heat conduction equation was used. The experimental tests 

included measuring the roughness of the sensors and measuring 

the temperature at several points inside the cylinder cooled 

from a temperature of about 500℃. The measured temperature 

fields were used to identify the boundary conditions of heat 

transfer in a numerical program. The influence of surface 

roughness on the intensity of heat reception during both cooling 

with a water jet and water spray was proved. 

INTRODUCTION 
In high-temperature processes, in which components are 

heated to temperatures of up to several hundred degrees 

Celsius, it is extremely important to remove significant 

amounts of heat from the surface. Currently, with the 

development of the industry, the requirements for components 

made of metals and their alloys are increasing. It is important to 

obtain a product with appropriate mechanical properties and a 

specific microstructure. Obtaining an appropriate 

microstructure depends on the use of not only an appropriate 

cooling method, but also the rate of heat transfer between the 

cooling medium and the heated surface of the component. In 

high-temperature processes, due to the availability and low cost 

of the coolant, cooling with a water jet or water spray is most 

often used. Water jet cooling is used, among others, during 

quenching [1] and hot rolling [2], while water spray cooling is 

used in the process of secondary cooling during continuous 

casting of steel [3] and quenching [4]. Water jet cooling is a 

process in which a stream of water of a certain diameter flows 

out of a nozzle under the appropriate pressure and then strikes 

the surface to be cooled (Figure 1). The surface area affected 

by the fluid stream can be divided into three main areas: the 

stagnation zone, located in the axis of the incident fluid stream, 

which is the area of most intense heat extraction, the flow 

acceleration zone and the parallel flow zone, in which 

significantly lower heat transfer coefficient values are recorded. 

During cooling with a water spray, the water is sprayed as it 

flows through the nozzle and then it is applied to the cooled 

surface in the form of minor droplets (Figure 2).  The type of 

energy used to atomize the coolant determines the two main 

atomization methods: hydraulic (in which the energy of liquid 

pressure is used to atomize) and pneumatic (in which 

atomization occurs through the action of compressed gas on the 

liquid). As a result of the contact of drops or stream of water 

with the surface heated to several hundred degrees Celsius, the 

phenomenon of boiling occurs on it. During surface boiling, 

three boiling phases occur successively on the cooled surface: 

film boiling, transient boiling and nucleate boiling. During 

nucleate boiling, the heat transfer rate decreases as the surface 

temperature decreases. The reason for this is that as the surface 

temperature decreases, increasingly fewer vapor bubbles are 

formed on the cooled surface and the boiling process gradually 

disappears. Vapor bubbles are formed in nucleation centers, 

which may constitute various types of cavities, impurities, 

scratches, and sticky sediment particles. Nucleation centers can 

also be created artificially by specially prepared surfaces, for 

example by creating artificial roughness. Increasing the 

roughness may cause an increase in the number of active 

nucleation centers of the vapor bubbles, which results in a 

much higher heat transfer than on smooth surfaces. Moreover, 

the presence of roughness on the surface can contribute to 

reduce the occurrence of the film boiling phase by degrading 

the vapor film formed on the cooled surface. The surface 

roughness of the cooled component can therefore have a real 

impact on the intensity of heat dissipation from the cooled 

surface.  

There are many studies in which researchers have focused 

on determining the effect of surface roughness of an object 

cooled with a water jet or water spray. Dou et al. [5] 

investigated the effect of surface roughness (2.3μm and 6.3μm) 

on the cooling intensity during cooling with a water jet of 

SUS304 steel heated to 900°C. The increase in roughness 

contributed to the intensification of heat transfer in the 

stagnation area. Similar conclusions were reached by Lee et al. 

[6], who investigated the effect of surface roughness of SUS304 
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steel in the range of 0.31μm-75.95μm on heat rejection during 

water jet cooling. Fakuda et al. [7] proved the increase of heat 

transfer during film boiling with the increase of surface 

roughness of SUS304 steel (3.0μm-20.1μm) cooled by water 

spray. Lee et al. [8] demonstrated an increase in critical heat 

flux (CHF) with increasing surface roughness of water-spray-

cooled SUS304 steel and a 200% increase in heat transfer 

coefficient (HTC) compared to a smooth surface. Zhao et al. [9] 

investigated the effect of unidirectional roughness (0.0068μm - 

3.379μm) on the intensity of heat reception from the copper 

surface cooled with water spray. Due to the reduced contact 

angle and the larger amount of nucleation centres of the vapor 

bubbles, the rough surfaces were characterized by a higher 

efficiency of heat removal compared to the smooth surfaces. 

 

  
Figure 1 Water jet cooling. 

 
Figure 2 Water spray cooling. 

NOMENCLATURE 
 

A1 Sensor area of radius r = 5.6 mm, m2 

A2 Sensor area of radius r = 9.7 mm, m2 

cp Specific heat, J/(kgK) 
E(pi) Objective function 

H Sensor height, m 

m 
Number of temperature measurements performed by one temperature 
sensor 

n Number of temperature sensors 
pi Vector of wanted parameters 

R Sample radius, m 

Ra Arithmetical average deviation of the assessed profile, nm 
r, y Cylindrical coordinate 

Rmax Maximum sensor radius, m 
S1,S2 Marking of the sensor surfaces 

T Sensor temperature, ℃ 

te ji Sample temperature measured by the sensor j at the time τi, ℃ 
t ji Computed sample temperature at the location of the sensor j at the 

time τi, ℃ 

tn Coolant temperature, oC 
ts Temperature of cooled surface, oC 

  

Special characters 
Δ τ Time increment, s 

Θ Dimensionless sensor radius 
λ Thermal conductivity, W/mK 

ρ Density, kg/m3 

Τ Time, s 
  

Abbreviations 
CHF Critical heat flux 

HF Heat flux 

HTC Heat transfer coefficient 

In the available literature, there are limited studies focused 

on examining the effect of surface roughness on a nanometric 

scale on the intensity of heat transfer from hot surfaces. Zhang 

et al. [10] determined the effect of roughness on a nanometric 

scale during cooling with a water spray, however, the tests were 

performed only for a low degree of superheating (about 40℃). 

There is also a lack of research in which the authors would 

focus on determining the effect of surface roughness for various 

water cooling systems. Researches in this area, but on a 

micrometric scale, has only been conducted by Fang i in. [11], 

who determined the effect of surface roughness of AA5083 and 

CuSn4 alloys with roughness ranges of 15μm-95μm and 44μm-

46μm, respectively, on the cooling intensity of water jet and 

water spray. The authors demonstrated that the effect of 

roughness is only significant during water spray cooling, and 

that the HF values during jet cooling of surfaces with higher 

roughness were lower compared to the values obtained for 

smoother surfaces.  

The purpose of the paper is to investigate the effect of 

surface roughness on a nanometric scale on the intensity of heat 

reception from a surface cooled by a water spray and a water jet 

under high-temperature conditions. The scope of the research 

included: measurement of the surface roughness of the sensors, 

experimental tests involving the measurement of the 

temperature inside the sensors during cooling, and numerical 

calculations consisting in determining the average values of 

HTC in the cooled areas using the inverse method for the heat 

conduction equation. The analysis of the roughness effect may 

be complement the work done by other researchers and help to 

more clearly determine the effect of surface roughness on 

cooling efficiency during water jet cooling. 

EXPERIMENTAL SET-UP 
The researches allowing to determine the effect of the 

roughness of the cooled surface on the cooling efficiency were 

carried out on two cylindrical sensors made of Inconel 600 

alloy (Figure 3) with diameters equal to 20 mm.  

 
Figure 3 Diagram of the sensor with a casing including the 

location of the thermocouples (P1 – P4). 
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The sensors were placed in 1 mm thick casing made of the 

same material to reduce heat loss from the side surfaces of the 

sensors. The experimental study consisted of two stages. The 

first stage of the research included the execution and 

measurement of the surface roughness of the sensors, while in 

the second stage of the experimental tests, the changes in 

temperature inside the sensors during cooling with a water 

spray and a water jet were measured. 

 

Performance and measurement of surface roughness  

The surfaces of the sensors (S1,S2) were ground on 

different grit sandpaper to artificially produce different surface 

roughness. The abrasive gradations used for the given sensors 

are shown in Table 1. 

 

Table 1 The gradation of the grain of the sandpaper used to 

create the roughness of the cooled surface. 

Marking the surface 

of the sensors 

The gradation of the grain of the 

sandpaper used to create roughness 

S1 220, 360, 500, 600 

S2 220, 360 

 

After roughening the surfaces, the roughness was measured 

with the Veeco Wyko NT 9300 optical profilometer. The device 

uses a light beam to scan the surface area of the sample. Then, 

the surface profile is obtained and the calculated values of the 

roughness parameters (among others Ra). 

 

Temperature measurements inside the sensors during 

cooling 

 Determination of the heat transfer boundary conditions 

(HTC or HF) on the cooled surface by the inverse method 

required entering into the numerical program the change of the 

temperature field of the sensor during its cooling.  Temperature 

measurements inside the sensors during cooling were carried 

out on a test stand, which included, among others: a resistance 

electric furnace, a cooling chamber and a water tank. Before 

starting the experimental tests, the structure consisting of the 

sensor and the casing was placed in an automatic feeder, which 

ensured the transport of the sensor between the furnace and the 

cooling chamber. The stability of the sensor in the feeder was 

ensured by insulation material. Then the sensor was heated in 

the furnace to approximately 500℃ (Table 2). After reaching 

the temperature, the sensor was transported from the furnace to 

the cooling chamber, where it was cooled with a water spray or 

a water jet. The upper surfaces of the cylinders were cooled and 

water was applied perpendicularly to them (Figure 3). Spray 

cooling was performed using a DBQ 1740 T1SB PNR 

hydraulic full cone nozzle, while water jet cooling was 

performed using a 2.7 mm diameter nozzle. Water was fed from 

a nozzle at a pressure of 0.1MPa. The temperature of the 

cooling water was 16℃ and the distance between the nozzle 

and the cooled surface was 25 mm. 

Temperature measurements were carried out using four 

K-type thermocouples (NiCr - NiAl) with a diameter of 1 mm, 

located inside the cooled sensors. Three thermocouples (P1 – 

P3) were located 1.5 mm from the cooled surface (Figure 3). 

Thermocouples P1, P2 and P3 were located along the sensor 

radius at a distance of 2 mm, 5.2 mm and 8 mm from its axis. 

The P4 thermocouple was situated 2 mm from the side surface 

of the sensor, in the middle of its height. Measurements of 

temperature changes during cooling were recorded using the 

MCGPlus data acquisition system. 

Table 2 Cooling parameters. 

Marking the 

surface of the 

sensors 

Cooling 

method 

Initial 

temperature 

of the sensor, 

℃ 

Total cooling 

time, s 

S1  spray 503 60 

S2  spray 501 50 

S1 jet 504 60 

S2 jet 502 60 

 

During the measurement and recording of temperature 

changes, temperature measurement errors may occur. The 

presence of these errors may affect the accuracy of the results 

obtained. Temperature measurement error may be caused by the 

accuracy of the temperature measurement with thermocouples 

and the accuracy of temperature recording with the data 

acquisition system. The maximum temperature error was ± 3.0 

℃, and the method of its determination was described in [12].  

 

NUMERICAL METHOD 
 In order to determine the boundary conditions of heat 

transfer on the surfaces of cooled sensors, calculations of the 

temperature fields of axially symmetrical cylinders from the 

heat conduction equation, assuming that: τ>0; 0 < r < R; 0 <y < 

h [13]: 

 

 
(1) 

 

The temperature field from the heat conduction equation was 

determined using the finite element method. A detailed 

description of the method used is included in the paper [14]. 

The accuracy of the FEM solution used to model the 

temperature field of the sensor with the casing has been tested 

in paper [15]. The determination of the local values of the 

boundary conditions on the water-cooled surface was made 

possible by searching for a boundary condition on the cooled 

surface in the form of a function, dependent on both time and 

location on the cooled surface:   

 

 
(2) 

 

In order to solve the inverse problem, the objective function 

was adopted, which determines the temperature difference 

between the temperatures measured experimentally and those 

determined numerically [15]: 

 

 

(3) 
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where: 

(4) 

The objective function was extended to include the norm of 

temperature gradients. The minimization of the objective 

function allowed to determine the values of the unknown 

parameters of the pi vector, which consists of the HTC values in 

the HTC approximation nodes over time. The set of pi 

parameters allows to determine the change of HTC on the 

cooled surface as a function of time and radius of the sensor. 

The method of variable metrics [16], which is based on the 

BGFS algorithm [17-20], was used to minimize the objective 

function. The distribution of HTC along the radius of the sensor 

was described by the equation: 

(5) 

where: 

(6) 

The P1(τ) parameter determines the HTC values in the sensor 

axis (r=0), P2(τ) determines the values of this coefficient for 

r=1/2 Rmax, and P3(τ) for r=Rmax. The change of parameters 

over time was approximated by third degree polynomials [15]. 

The correctness of the methodology of identifying the 

heat transfer coefficient was verified on the basis of the test 

model of the boundary condition. The test distribution of the 

heat transfer coefficient changed with time and on the cooled 

surface. The test result provided an almost identical distribution 

of the heat transfer coefficient on the cooled surface and the 

course of the temperature change at selected points in the 

cooled material [21]. 

NUMERICAL CALCULATIONS 
In the numerical calculations, the change in thermal 

conductivity and specific heat of the sensor material with the 

temperature was assumed [12]. The density of the material did 

not change with temperature and was ρ= 8740 kg/m3. Boundary 

conditions of heat transfer on unlabelled surfaces were 

introduced in the form of heat flux and described in detail in the 

paper [12]. Between the side surface of the sensor and the inner 

surface of the casing and on the lower outer surface of the 

casing, convective and radiative heat transfer was assumed. On 

the other hand, on the side outer surface of the casing, the 

boundary condition assumed the presence of a surface boiling. 

TRENDS AND RESULTS  
The Surface roughness of the sensors 

The roughness of the cooled surface of the sensors was 

measured at three points on the surface and presented in the 

form of the Ra parameter (Table 3). A graphic interpretation of 

the S2 surface roughness is shown in Figure 4. 

Table 3 The results of surface roughness measurements. 

Marking the 

surface of the 

sensors 

Surface roughness - 

Ra, nm 

Standard deviation, 

nm 

S1 166.16 2.61 

S2 278.36 8.54 

Figure 4 Surface roughness of S2 sample. 

The results of the HTC calculations 

The results of numerical calculations were presented in 

the form of average values of HTC in the areas A1 and A2 

(Figure 5) determined on the cooled surface by the radii r = 5.6 

mm (A1) and r = 10 mm (A2). 

Figure 5 Areas of HTC identification. 

Figure 6 The HTC values as a function of surface temperature, 

A1. 

The change in the average values of HTC and HF from the 

surface temperature S1 and S2 in the A1 area (Figure 6 - 
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Figure 7) indicate that the influence of the surface roughness 

on the heat dissipation intensity in this area is noticeable. The 

increase in surface roughness results in an increase in the 

intensity of heat dissipation both during cooling with a water 

spray and jet. This trend is especially important in the CHF area 

and during nucleate boiling. 

 

 
Figure 7 The HF values as a function of surface temperature, 

A1. 

The increase in surface roughness caused an increase in 

the maximum HTC values on the A1 surface by as much as 

46.00% during water spray cooling and by 10.87% during 

water jet cooling. As the roughness increased, the CHF 

increased by 28.59% for water spray cooling and only by 

1.71% for jet cooling. In the initial stage of spray cooling (from 

500℃ to about 400℃), the influence of surface roughness on 

the intensity of heat dissipation is insignificant. During cooling 

with a stream of water from 500℃ to about 300℃ (transition 

boiling), the influence of surface roughness on heat reception is 

completely invisible, and the obtained HTC and HF curves on 

both S1 and S2 surfaces have the same course. This dependence 

proves that heat is dissipated equally in this area, regardless of 

the level of surface roughness. 

 

 
Figure 8 The HTC values as a function of surface temperature, 

A2. 

On the total cooled surface (A2 area), the surface 

roughness also influenced the intensity of heat reception 

(Figure 8). During the transient boiling (in the temperature 

range from about 500 ℃ to about 350 ℃), the increase in HTC 

with increasing surface roughness is only noticeable during 

water spray cooling. In a further stage of cooling, the increase 

in surface roughness causes the intensification of heat reception 

from surfaces cooled by a spray or a jet. Increasing the surface 

roughness increased the maximum HTC values by 16.62% 

during water jet cooling and by 35.98% during spray cooling. 

Moreover, from the analysis of Figure 8, it can be concluded 

that the intensity of heat reception, apart from surface 

roughness, was also influenced by the cooling system itself. 

During spray cooling of both S1 and S2 surfaces, higher 

maximum HTC values were obtained than during water jet 

cooling. 

 
Figure 9 The HTC values as a function of cooling time, A1 and 

A2. 

 

The dependence of HTC on time (Figure 9) indicates a 

very short time of occurrence of the boiling on the cooled 

surface. The boiling time ranged from 6s to 11s, and the 

subsequent cooling step was forced single-phase convection. 

The course of the HTC curves (Figure 9) also indicates the fact 

that the higher maximum values of HTC for each of the 

systems were obtained in the A1 area in relation to the A2 area, 

which proves the higher values of thermal energy removed 

from the A1 area compared to the A2 area. The largest 

difference in maximum HTC values obtained in A1 area in 

relation to A2 area occurred in the case of water jet cooling of 

S1 surface and was 21.8%.  

 

Table 4 The accuracy of the inverse solution. 

Marking the 

surface of the 

sensors 

Cooling 

method 

The average deviation of 

the measured temperature 

from the calculated, K 

S1 spray 1.4 

S2 spray 1.2 

S1 jet 1.2 

S2 jet 1.0 
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The values of the average temperature deviation 

measured during the experiments from the calculated 

numerically did not exceed 1.5 K (Table 4). The high 

convergence of the experimentally measured temperature with 

the numerically calculated one indicates that the obtained 

accuracy of the inverse solution was satisfactory and the 

obtained results can be considered correct. 

FOUNDING 
Scientific study financed from the founds obtained under 

the AGH University of Science and Technology IDUB/Rector’s 

Grant No. 12/2021 and the regular activity of the Faculty of 
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CONCLUSION   
 In the paper the effect of the roughness of cylindrical 

surfaces of sensors cooled by water spray and water jet on the 

intensity of heat dissipation under high-temperature conditions 

was assessed. This assessment was made possible by 

determining the average HTC and HF values of selected areas 

on the cooled surface. The analysis of the presented results 

allowed for the formulation of the following conclusions:  

• The increase in surface roughness of about 65% resulted in 

an increase in the intensity of heat dissipation both during 

spray cooling and water jet cooling, mainly in the CHF 

area and during nucleate boiling. Increasing the roughness 

of the surface could have contributed to an increase in 

amount of vapor bubble nucleation centres, which resulted 

in an increase in cooling intensity. 

• During the transient boiling, the influence of the surface 

roughness on the obtained HTC values during cooling with 

both water jet and water spray is insignificant. 

• The influence of surface roughness on the intensity of heat 

reception was more noticeable during cooling with a water 

spray as compared to cooling with a water jet. The increase 

in maximum HTC values obtained during spray cooling 

was over 4 times higher in the A1 area and over 2 times 

higher in the A2 area than the values obtained during water 

jet cooling. The obtained results can be used in the 

selection of the cooling system depending on the surface 

condition. 
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ABSTRACT 
The recent advances in the development of thermal energy 

storage (TES) make it suitable for a wide range of applications, 

and one is the vessel and the maritime sector, which has drawn 

much attention. This sector has a significant level of waste heat, 

and TES design can effectively be adapted to enhance energy 

efficiency, reduce emissions, and tackle environmental concerns. 

This study presents the thermal analysis of a compact and 

scalable latent heat TES system using Computational Fluid 

Dynamics (CFD) to estimate the performance and identify the 

most suitable scale and operating conditions for mobile 

applications in the maritime sector. A turbulent flow model is 

applied over the 3D computational domain of TES, and TES 

dynamic behaviour is investigated in both charging and 

discharging cycles.  The proposed configuration is modular, and 

each module can store between 10-40kWh of energy within 2 to 

4 hrs. It comprises a bundle of metallic channels and a container 

filled with phase change material (PCM). The bundle is 

immersed in the PCM, and the energy exchanges between the 

heat transfer fluid (HTF) inside the channel and the storage 

medium outside. The channels benefit from the pillow plates, 

which recognisably save up space. The HTF transfers the energy 

from the available waste heat sources to the TES, and the PCM 

absorbs the energy in the form of latent heat. In the discharging 

phase, sink and source are swapped, and the system delivers the 

stored energy when heat demand peaks. 

The HTF flow, heat transfer, and PCM phase conditions in 

the proposed TES are simulated to determine the effect of the 

boundary condition on TES operation. The analysis explores the 

three significant factors affecting the thermal performance and 

TES capacity: HTF flow, HTF inlet temperature and PCM type, 

which are different in both heat capacity and latent heat. The 

results reveal how the new compact TES can be adapted for 

onboard applications in terms of energy storage capacity, 

temperature range, and response time.  

INTRODUCTION 
The COP26 summit in 2021, as the most important event in 

international climate change negotiations, brings governments 

together for mapping out the global route to tackling greenhouse 

gas emissions. As one of the key conference outcomes, countries 

and companies are urged to be involved in delivering the net-

zero target by 2050. However, the pathway to net-zero carbon 

emissions strongly relies on emerging technologies that enable 

us to drastically enhance energy efficiency and accelerate 

shifting to sustainable energy systems [1,2]. Amongst all energy 

system elements, the transport and particularly the maritime 

shipping sector incur significant greenhouse gas emission, which 

is estimated to be about 2.8% of the global greenhouse gas 

emissions [3]. Recently, the International Maritime Organization 

(IMO) has adopted a key short-term strategy to cut emissions by 

at least 40% by 2030 [4]. On the other hand, one of the energy 

infrastructures for the decarbonising target is the energy storage 

system which can potentially unlock the net-zero ambitions. 

More specifically, thermal energy storage (TES) has the 

potential to be considered a keystone technology to accelerate 

energy transition for onboard applications. This type of energy 

storage provides an opportunity for storing the surplus or waste 

heat generated by the system, which can be released when 

required to match demand. 

Catapano et al. conducted a lab-scale investigation in order 

to recover the waste heat of ship exhaust gas by incorporating 

cylindrical PCMs with a melting temperature of 58°C within an

ORC cycle. The study reported the recovery of 7.7% thermal 

energy in the form of hot water [5]. Manzan et al. evaluated the 

application of hot water storage and PCM with the same phase 

change temperature for cruise application [6]. Baldi et al. 

highlighted the different sources of waste heat through extensive 

energy and exergy analysis of a cruise ship. The exhaust gas at a 

temperature above 250°C in a conventional marine engine [7]

and the output temperature of HRSG is mentioned at about 

200°C, which is calculated at about 30% of the overall energy

flow [8]. This estimation is reported as 25% and 50% of the fuel 

energy in other references [3][7].  

Most studies into TES for onboard application have only 

been carried out to evaluate conventional integrated PCM heat 

exchangers. Therefore, the present study proposed and 

investigate a compact TES system for onboard applications.  

The TES takes advantage of PCMs with high melting 

temperatures and a different structure for immersion elements 

rather than the conventional PCM-integrated heat exchanges. 

The heat carrier is introduced to pillow plates immersed in the 

PCM container. Adapting pillow plate design leads to a heat 

transfer rate as high as plate heat exchangers but without their 

complexity in maintenance and construction. It is also 

demonstrated by Vocciante et al. that the pillow plate heat 
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exchanges (PPHX) have superior flexibility compared to 

conventional plate heat exchanges (PHX) since the system still 

is effective in low heat transfer rates and transient conditions [9], 

which plays a factor in onboard waste heat recovery when makes 

it adaptable to the changing vessel operational profile, e.g. “slow 

steaming” [3]. The proposed TES structure has a modular design, 

leading to a scalable solution for various cruise types. This 

affordable solution also contributes to saving space which is 

essential regarding onboard weight and space limitations. The 

proposed solution concept is presented in Fig 1, which can 

absorb the excess heat from available onboard waste heat sources 

and discharge the stored heat in PCMs during peak times. 

 
Figure 1 The concept of PPHX-TES for onboard 

application 

METHODS 
The proposed geometry is based upon a pillow plate heat 

exchanger with an overall dimension of 1000×470×760mm 

(WHD), as detailed in Figure 2a. This configuration is 

comparable to conventional submerged plate heat exchangers 

geometries and those studied by Saeed et al. [10]. The 

computational domain is divided into three zones, including the 

PCM, HTF and the metal part, which all are considered for the 

computational mesh. The transient simulations were conducted 

with inlet mass flow and outlet pressure boundaries accordingly. 

The TES system is comprised of a bundle of metallic 

channels and a container filled with PCM. The bundle is 

immersed in the PCM, and the energy exchanges between the 

heat transfer fluid (HTF) inside the channel and the storage 

medium outside. The channels benefit from the pillow plate 

pattern, which recognisably saves up space. Other key 

differentiators for pillow plates are straightforward construction, 

high heat transfer and higher fluid velocity. The bundle includes 

24 immersion elements fed by one common header from the top 

side. Each of those immersion elements with the dimension of 

900×700mm has multiple passes inside, leading to a high 

Reynolds number and a higher overall U-value. The HTF leaves 

the system through another header on the other side. In the 

charging phase, the hot HTF enters parallel pillow plates and 

performs as the energy source by releasing the heat. On the other 

side, the PCM absorbs the energy as the sink in the form of latent 

heat. In the discharging phase, sink and source are swapped, and 

the system delivers the stored energy when the cold HTF enters. 

The nominal capacity of the proposed TES is 20kWh of energy 

up to three hours by using Therminol 66 as HTF. A multi-

attribute decision-making method is conducted into the PCM 

selection by Manente et al. considering the latent heat, heat 

storage efficiency, heat capacity and density in which KNO3-

based PCM mixtures were ranked first, therefore; the 

commercial PCMs of PlusICE® H105, H115, and H120, made 

from inorganic material including KNO3 are selected for the 

simulations [11][12]. The metal plates are made of stainless 

steel, which can also be replaced by aluminium for further 

weight reduction. 

The schematic of the pillow plate heat exchanger is depicted 

in Fig. 1a. It is also assumed that the bundle of pillow plates 

could be divided into eight sections, three plates each. Each 

section is then divided into two halves with a plan defined as a 

symmetry boundary, depicted in fig 1b. This simplification will 

considerably reduce the computational cost, which is essential 

for sensitivity analysis and investigation of multiple cases by 

CFD simulations. Moreover, by considering two pillow plates 

within the final computational domain, the interaction of two 

heating elements could be investigated. In other words, one part 

of PCM is bounded by two heating elements while others parts 

are limited by the walls. 

 
Figure 2 Schematic of the pillow plate heat exchanger 

thermal energy storage and computational domain 

 

This study was conducted in turbulent, transient mode using 

the 3D CFD code ANSYS Fluent 2021R1 which is based on the 

finite volume method. The governing equations consist of the 

continuity, momentum, and energy equations [13]. The model 

also includes the PCM Solidification and Melting model for the 

charging and discharging process coupled with the energy 

equation. The total energy stored in or released from the PCMs 

is calculated by Eq. (1) where LH, Tpcm, Tsolid, and Tliq are the 

latent heat, PCM temperature, PCM solidification and PCM 

melting temperature, respectively [14]. 
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 ∫ (𝝆𝑪)𝒑𝒄𝒎𝒅𝑻
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𝑻𝒑𝒄𝒎

𝑻𝟎

𝑻𝒑𝒄𝒎 > 𝑻𝒔𝒐𝒍

 (1) 

 

Also, the zero-equation mixing length turbulence model is 

utilised to simulate the turbulent flow in narrow space for HTF 

flow which is recommended by the literature to determine the 

(a) (b) (c) 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 581 of 1061

https://www.sciencedirect.com/topics/engineering/finite-volume-method


  

  

natural convection heat transfer and fluid flow characteristics in 

heat exchanges [15]. The governing equations and turbulence 

models were solved time-dependent, using SIMPLE pressure-

velocity coupling and a time-step of  0.1 second to advance the 

solution. All simulations used 2nd-order discretisation for all 

equations, and they were monitored for residual, zonal 

temperature, and the integral of heat transferred between HTF 

and PCM. The fully structured hexahedral mesh was constructed 

from the PCM outer surface, shown in Fig. 2. The internal 

domain was filled with polyhedral mesh, with a refined mesh in 

the vicinity of the inlet, outlet, and the circular spot welds on the 

plate. This created a mesh containing 2 million computational 

cells.  

The boundary conditions and thermophysical properties of 

PCM, HTF are listed in Table 1. In order to perform sensitivity 

analysis and evaluate the performance of TES in various 

conditions, multiple values are considered for the HTF mass 

flow, HTF inlet temperature and PCM properties. 

 

Table 1-Thermophysical properties of PPHX-TES compartment 

and boundary conditions 
parameter value 

HTF inlet mass flow [kg/s] 0.02, 0.04, 0.06 

HTF inlet Temperature [K] 403, 423, 443 

HTF outlet pressure [kPa] 40 

Initial Temperature of HTF, PCM and walls [K] 293.15 

HTF 
(Therminol 
66) 

Cp [kJ/kgK] 
373K 1.84 

473K 2.19 

Density, 𝝆 
[kg/m3] 

373K 955 

473K 885 

PCM 

𝑪𝒑 [kJ/kgK] 1.5 

Thermal conductivity [W/mK] 0.51 

Latent heat 
(LH) [kJ/kg] 

PlusICE® H105 125 

PlusICE® H115 100 

PlusICE® H120 120 

Tmelting [K] 

PlusICE® H105 377 

PlusICE® H115 387 

PlusICE® H120 393 

 

The simulations were performed on University of 

Birmingham's BlueBEAR HPC using a parallel distribution 

across 40 processing cores. 

RESULTS AND DISCUSSION 
The results generated by the CFD simulations were crucial in 

providing insight into the flow and temperature fields in the PCM 

within the PPHX. 

Figure 3 presents the temperature contour at different instant 

of time along the boundary of the metal plate, the HTF and the 

PCM zones interface. The temperature contour is cut off to 

melting point and above; therefore, the formation of the liquid 

phase in the charging stage can be identified over the 

computational domain. This figure indicates that non-

homogeneous heat transfer occurs over the entire pillow plates 

in the mid-stage of charging. At a later stage, the temperature at 

the interface becomes nearly uniform at just below the melting 

temperature of the PCM. 

During the charging stage, in which the HTF inlet 

temperature is higher than the PCM temperature inside the TES, 

the thermal energy will be transferred from the HTF to the 

metallic walls by convection, conduction, and then conduction is 

happening inside the wall layers and also from the walls to the 

solid PCM. 

 
Figure 3  Time evolution of PCM melting & liquid phase 

temperature 

 

Figure 4 shows the PCM and the HTF inlet/outlet 

temperatures during the charging for an HTF flow rate of 0.14 

kg/s and an inlet temperature of 423 K. The charging is 

terminated when the outlet temperature The PCM temperature 

during charging increases from ambient temperature up to about 

420 K. At this time, The HTF outlet temperature reaches the inlet 

temperature when no further heat transfer occurs, and the 

charging is terminated. 

 
Figure 4  Time evolution of PCM (H120) and HTF 

temperatures and PCM liquid phase during charging (mass 

flow: 0.14 [kg/s]) 

 

In order to better understand the heat transfer in the internal 

part of the PPHX, two axes normal to the plate are defined at a 5 

cm vertical distance from the inlet and outlet, and the 

temperature profiles are extracted over those lines. What stands 
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out in Figure 5 is the continual decrease of temperature, and the 

PCM bounded with HTF on one side while the PCM bounded 

with HTF from both sides is close to the HTF temperature. 

 

 
Figure 5 Temperature profile for various HTF inlet 

temperatures (PlusICE® H105, Time=90min) 

 

Figure 6 complements the results of Figure 5 and reports the 

temperature profile along six axes for three types of PCM, which 

comprehensively considers the effects of their thermophysical 

properties, particularly the melting point. Three PCM types were 

simulated with melting points of 104℃, 114℃ and 120℃. 

 
Figure 6 Temperature profile for various types of PCM 

(Time=90min) 

 

The HTF mass flow for the simulation during charging 

processes is set according to Table 1. The reported mass flow is 

dedicated to 1.5 channels, and the actual flow rate corresponding 

to the entire TES package, a bundle of 24 pillow plate immersion 

plates, would be 16 times larger than that. The Influence of the 

HTF mass flow rate on the evolution of temperature change 

inside the PCM on the charging stage, along the side direction, 

is illustrated in Fig 6. The result in Figure 7 clearly demonstrates 

that the PCM located close to the inlet quickly absorb the heat 

by sensible heat and thereafter by the sensible heat, while heat 

transfer involvement of zones far from the inlet takes place later. 

This delay is more highlighted for a lower mass flow rate. 

 
Figure 7  Temperature profile for inlet mass flow rates 

(PlusICE® H105, Time=90min) 

Moreover, the temperature pattern over the surface of the 

metal plate is extracted for PlusICE® H120 with a phase change 

temperature of around 393K at the end of the charging. As shown 

in Figure 8, the temperature is lower near the corners where the 

flow separates and vortices are formed. The temperature of PCM 

is found below the phase change temperature while the 

temperature of the remaining parts passes the melting 

temperature. 

 
Figure 8  Temperature profile on the pillow plate interface 

with PCM (H120, Time=4hrs) 

 

Figure 9 complements the results of Figure 8 by illustrating 

the HTF velocity magnitude inside the pillow plates. The non-

uniformity of flow fields stems from both the welded spots of the 

pillow plate and the configuration of the channel. The welded 
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spots increase turbulence intensity and locally change the flow 

direction.. 

 

 
Figure 9 HTF velocity magnitude profile, (H120, 

Time=4hrs) 

 

The weight of the entire TES package is also determined for 

configurations with various PCMs. Also, both steel and 

aluminium are considered for the material of the pillow plates. 

As shown in Figure 10, the weight is estimated within the range 

of 650 to 1000kg, in which a significant percentage of the total 

weight is dedicated to the PCM part. The TES weight could be 

reduced by using aluminium and H105 with lower density 

compared to others. The package is compact and lightweight, 

which allows for integration in an array configuration for 

onboard applications. 

 
Figure 10 Package weight estimation 

 

The energy storage capacity of the storage system is also 

extracted from CFD simulations using the total amount of 

thermal power which is transferred between the HTF and the 

PCM during the charging of the storage and all cases are 

simulated the basis of a fixed charging time. The first 

comparison is carried out for cases with different PCM under 

identical operating conditions during charge and discharge 

processes. The result presented in Figure 11 clearly shows how 

adapting PCM with higher latent heat and higher melting 

temperature increases the TES energy storage capacity. The 

enhancement of H105 and H120 is almost the same compared to 

H115. Although H105 has higher latent heat than H120, it has 

lower melting points which lead to shorten the charge time. 

Moreover, the results in figure 11 clearly indicate that higher 

inlet temperature for the HTF, which depends on the heat source, 

leads to a larger temperature difference and introduces a larger 

driving force for the heat transfer, thereby increasing the heat 

flux. 

It is also found that increasing HTF mass flow rate 

significantly affects the heat storage capacity, which is 

demonstrated reported in Figure 11 where an increase of 30% 

and 90% in energy storage capacity is observed for cases 

associated with 100% and 200% higher HTF flow rates. 

Furthermore, the HTF mass flow rate is proportional to the HTF 

pressure difference (∆P); therefore, the pressure loss is 

approximately determined at about 2 kPa by the known outlet 

pressure and the calculated inlet pressure, which agrees with the 

literature data for PPHX pressure loss [16]. Considering all three 

parameters of PCM type, inlet temperature and HTF flow rate, 

the last one has the most dominant effect on the thermal 

performance of TES. 

 
Figure 11 TES energy storage capacity estimation 

 

CONCLUSION  
 

A numerical assessment of the performance of LHTES with 

pillow plate immersion elements has been presented. The 3D 

CFD simulation considered three computational domains of 

PCM, HTF and the metal plates. The study compared the 

performance under various operational conditions, including 

HTF flow and temperature. The total energy capacity is 

estimated within 20 to 40 kWh. The HTF effect on the energy 

capacity of TES is more pronounced when the flow rate is 

increased. Moreover, based on the evaluation of various PCMs 

with different melting points, the case with H105 was shown to 

produce reasonable efficiency for the charging temperature of 

423K. The pillow plate welded spots increase the turbulence 

within the HTF flow. Influence channel design and spacing were 
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also evident, which may need further investigations to find the 

most efficient design. 
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ABSTRACT 

This work investigates the convective heat transfer of 

liquid sodium (Na) in miniature heat sinks with protective 

cladding layers on their walls. A computational model is 

developed to calculate local and average Nusselt numbers 

within copper-based cladded miniature heat sinks of different 

aspect ratios and hydraulic diameters. The thickness of the 

cladding layer covers a range of 0.25 mm to 4.5 mm while the 

thermal conductivity of the protective cladding layer varies 

between 4 W/m.K to 17 W/m.K. The investigated aspect ratio 

and the hydraulic diameter ranges for cladded miniature heat 

sinks are 0.29-1 and 2500-10,000, respectively. Two different 

trends are observed in the thermal efficiency of the protective 

cladding layer as a function of its thermal conductivity. For the 

miniature heat sink with an aspect ratio of 0.29, the thermal 

efficiency of the cladding layer enhances by increasing the 

thermal conductivity of the protective cladding layer. However, 

in cladded miniature heat sinks with aspect ratios of 0.635 and 

1, the thermal efficiency of the classing layer tends to decrease 

as its thermal conductivity increases. A maximum of 30% 

enhancement in the thermal efficiency of the investigated 

cladded coper-based miniature heat sinks is observed compared 

to identical miniature heat sinks made purely of the cladding 

layer material. The Obtained results reveal the copper-based 

cladded miniature heat sink of aspect ratio 1, providing the 

highest thermal efficiency among all the investigated miniature 

heat sinks. 

INTRODUCTION 

Liquid metals with high thermal conductivity and high 

boiling temperatures are interesting coolants for applications 

involving elevated working temperatures and high heat 

dissipation rates. GaInSn, NaK, and Na offer very high thermal 

conductivities in the range of 16-79 W/mK, while their 

dynamic viscosities are slightly higher than that of water [1]. 

Moreover, the above-mentioned liquid metals have boiling 

points of around 800 oC and higher.  Therefore, these liquid 

metals can be used in real-world applications with an operating 

temperature range from 25 oC to as high as 800 oC due to their 

very high boiling points. 

These thermophysical properties make liquid metals 

favorable coolants for applications involving high working 

temperatures and high heat dissipation rates such as solar power 

plants, electronic cooling, and nuclear reactors [2–4]. Various 

research studies have been done so far in the open literature 

investigating liquid metals flows and heat transfer in numerous 

macro-scale geometries such as pipes, channels, and rod 

bundles in a variety of arrangements. Numerical simulations 

using the low-Reynolds number k-ɛ model were performed to 

investigate turbulent flow and heat transfer of mercury in a 

concentric annulus at applied uniform heat flux boundary 

conditions [5]. Forced convection of laminar Cu-Ga nanofluid 

within a pipe at constant wall temperature was studied through 

numerical simulations [6]. Computational fluid dynamics was 

used to study lithium lead (PbLi) flow and heat transfer within 

rectangular channels under magnetic force [7,8]. Experiments 

were performed to study lead-bismuth eutectic (LBE) flow and 

heat transfer within hexagonal rod bundles [9]. Numerical 

simulations were performed to investigate liquid sodium (Na) 

flow and heat transfer in 19 hexagonal rod bundles [10]. 

Several other numerical and experimental investigations on 

different liquid metals flow and heat transfer within a variety of 

large and macro-scale geometries can be found in the literature  

[11–14].   

Although numerous mentioned research activities have been 

done on the flow and heat transfer of liquid metals in large-

scale pipes, channels, and heat exchangers, a few pieces of 

research are available for forced convection heat transfer of 

liquid metals in small-scale heat sinks. Recently, liquid metal-

cooled miniature heat sinks have been shown to offer promising 

cooling capacity under extreme working conditions [15,16]. 

NaK flow and convective heat transfer were investigated within 

steel minichannel of different aspect ratios and hydraulic 

diameters [15]. Reported results suggested that a reduction in 

microchannel aspect ratio led to an enhancement in the thermal 

efficiency of investigated NaK cooled heat sinks. Numerical 

simulations were performed on the thermal performance of Na -

cooled minichannel heat sinks of different geometries with 

hydraulic diameters less than 5 mm [16]. At a constant surface 

area to volume ratio, obtained results revealed that a 

rectangular minichannel heat sink showed almost 280% higher 

thermal efficacy compared with a pentagonal minichannel heat 

at the cost of higher pumping power.  Muhammad et al. [17] 

performed numerical simulations to study laminar flow and 

heat transfer for liquid metals of GaIn, GaSn, EGaIn, EGaInSn 

within a miniaturized heat sink with a width of 1 mm, a height 

of 4 mm, and a length of 40 mm. Reported results showed that 

EGaIn led to the lowest pressure loss while EGaInSn required 

the highest pumping power. The GaIn was observed to produce 

the highest heat transfer rate among all the investigated liquid 
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metals. Zhang et al. [18] conducted experiments to study 

GaInSn flow and heat transfer within a copper minichannel heat 

sink. The investigated minichannel had a height of 5 mm, a 

width of 1 mm, and a length of 34 mm. GaInSn was used as the 

working fluid with an inlet temperature of 29 oC while the 

applied heat flux to the heat sink was 300 W/cm2. The flow 

Reynolds number covered the range of 1250 to 3750. Reported 

experimental values of Nusselt numbers for the laminar flow 

were a weak function of Reynolds number while they were 

50% lower than the theoretical fully developed laminar Nusselt 

numbers. Luo and Liu [19] conducted experiments to 

investigate the convective heat transfer of GaInSn within 

compact and miniaturized heat sinks with a hydraulic diameter 

range of 0.91 to 2.87 mm for microelectronics cooling 

applications. Obtained Nusselt numbers were observed to 

increase with increased Peclet number for laminar flow. A new 

correlation was proposed to estimate the Nusselt number as a 

function of the Peclet number. 

 Minichannel heat sinks can be utilized in applications 

where “space” and “weight” are two main constraints while 

typical macro-scale heat exchangers cannot be used. Turbulent 

forced-convection of liquid coolants can be generated in mini-

channels heat sinks while it is not feasible to have turbulent 

flows of liquid coolants within microchannel heat sinks due to 

relatively high required pumping power and sealing issues. 

Liquid metals such as Na are corrosive and react with most 

high thermal conductivity solid materials commonly used to 

fabricate miniature heat sinks such as copper. To address this 

problem in this research, we propose adding a thin layer of 

corrosive resistant material to the walls of copper-based 

miniature heat sinks. Therefore, the main objective of this work 

is to develop a reliable numerical model to investigate fluid 

flow and heat transfer of liquid metals such as Na within 

copper-based miniature heat sinks with thin protective cladding 

layers of Silicon Carbide (SiC), Refractory High Entropy 

Alloys (RHEA), Inconel 718,  and stainless steel (SS-316) on 

their walls. Local and average Nusselt numbers are calculated 

to study the effect of the cladding layer on the thermal 

performance of investigated miniature heat sinks. Several 

different cladding thicknesses of 0.25 mm to 4.5 mm are 

investigated while the Na inlet Reynolds number varies 

between 2500-10,000. To quantify the thermal capacity of 

cladded miniature heat sinks, the thermal efficiency of the 

cladding layer is defined using obtained numerical results for 

local Nusselt numbers. The thermal efficiency of the cladded 

layer is used to compare the performance of a cladded 

miniature heat sink with an identical heat sink made purely of 

the cladding layer material. Finally, the effect of the heat sink 

aspect ratio on the thermal efficiency of protective cladding 

layers is investigated.   

NOMENCLATURE 

Cp  [J/kgK] Specific heat 

D [m] Diameter

Dh [m] Hydraulic diameter

H [m] Channel height 

k [W/mK] Thermal conductivity 

L [m] Hrat sink length

Nu [-] Nusselt Number 

q [W/m2] Heat flux 

Re [-] Reynolds number 

T [K] Temperature

u [m/s] Fluid velocity 

W [m] Channel width 

x [m] Cartesian axis direction

y [m] Cartesian axis direction

z [m] Cartesian axis direction

Special characters 
α [-] Heat sink channel aspect ratio 
ρ [kg/m3] Fluid density  

Subscripts 

ave average 

b bulk 

clad Cladding layer  

in Heat sink inlet 

f fluid 

s solid 

NUMERICAL METHOD 

The Fluent CFD solver is used to numerically solve the 

continuity, the momentum, and the energy equations with mass 

flow inlet and pressure outlet boundary conditions. The 

governing equations are discretized using the finite volume 

method on a collocated grid scheme. Discretized equations are 

solved using a quasi-steady coupled solver scheme while a 

second-order upwind interpolation scheme is applied to 

convection terms. All thermophysical properties used in these 

computational analyses were applied from the reported 

experimental values as a function of temperature [20]. 
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Figure 1 Schematic of a Na-cooled copper-based miniature 

heat sink with a protective cladding layer on its channel walls 

The following numerical procedure is implemented in the 

performed numerical simulations in this work to capture the 

conjugate heat transfer phenomenon within a miniature heat 

sink. First, at the fluid-solid interface within the miniature hat 
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sink, the continuity of heat flux and temperature are imposed 

using the following boundary conditions, Eq (1) [21].  

 

               (1) 

 

The interface is at the miniature channel walls where the 

heat is transferred from the cladding layer to the Na flow (see 

Figure 1). Figure 1 illustrates the schematic of the modeled 

miniature heat sink and applied boundary conditions in the 

present work.  

When the solution for a performed steady-state numerical 

simulation is converged, the equations (2)-(6) are used to 

calculate the local and average Nusselt numbers within the 

modeled miniature heat sinks.  

 

 

               (2) 

  

 

               (3) 

 

 

x, y, and z define spatial variables while z is along the heat 

sink. At any location z, along the modeled heat sink, the 

average fluid bulk temperature Tb(z), average wall temperature 

Tw(z), and average wall heat flux, qw(z) are calculated through 

Equations (2)-(4). Cp , represents liquid coolant specific heat 

capacity in (J/kgK), ρ is the coolant density in (kg/m3.) 

 

 

               (4) 

 

The average local Nusselt number at any location z, along 

the heat sink, is then calculated through Equation (5). 

 

 

             (5) 

 

where, Dh is the heat sink hydraulic diameter in (m) and 

kb(z) is the fluid thermal conductivity in (W/mK). that is 

evaluated at the local fluid bulk temperature Tb(z) The average 

Nusselt number for the whole heat sink, Nuave, is calculated by 

taking the integral of the local Nusselt number over the heat 

sink length of L, using Eq. (6). 

 

 

                      (6) 

 

The accuracy and reliability of the discussed numerical 

procedure (Eqs. (1) to (6)) to investigate conjugate heat transfer 

within liquid-cooled miniature heat sinks have been verified by 

authors in their previous conducted research work [15,22]. 

 

TRENDS AND RESULTS 

Turbulent flows and heat transfer of Na within cladded 

copper-based minichannel heat sinks of different hydraulic 

diameters and aspect ratios are investigated in this section. The 

aspect ratio of the minichannel is defined as the ratio between 

minichannel height and its width (α=H/W, See Fig. 1). The 

height of investigated miniature heat sinks is kept constant, H = 

14 mm, while the width of investigated miniature heat sinks 

(W) is varied accordingly such that three different aspect ratios 

of 0.29, 0.636, and 1 are obtained. The length of investigated 

miniature heat sinks is 800 mm while their hydraulic diameters 

cover a range of 14 mm to 21.7 mm. The protective cladding 

layers on the miniature heat sink walls have thickness values of 

0.25 mm to 4 mm while their thermal conductivity varies 

between 4 W/m.K to 17 W/m.K. The investigated thermal 

conductivity range in this work covers four different cladding 

substrates of Silicon Carbide (SiC), Refractory High Entropy 

Alloys (RHEA), Inconel 718,  and stainless steel (SS-316). 

Liquid sodium (Na) enters the miniature heat sink with a 

uniform velocity at a constant temperature of 250 oC. The inlet 

Reynolds number of Na flow varies between 2500 to 10,000. 

SST k-ω model is used to numerically study the turbulent Na 

flow at Reynolds numbers of 2500-10,000. The SST k-ω model 

was shown by the authors to estimate accurate temperature and 

velocity gradients for liquid metals turbulent flows and heat 

transfer within miniature heat sinks [15]. 
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Figure 2 Local Nusselt numbers for Na flow at Reynolds number 

of 2500 within a cladded minichannel heat sink of α=1 and Dh 

= 14 mm with a 4.5 mm thick cladding layer of thermal 

conductivity of 17 W/m.K 

 

 

 Figures 2 to 4 illustrate the obtained results for local 

Nusselt numbers within different cladded and non-cladded 

miniature heat sinks. In Figure 2, the investigated coper-based 

cladded heat sink has an aspect ratio of 1, and a hydraulic 

diameter of 14 mm with a 4.5 mm thick protective cladding 

layer of 17 W/mK. The non-cladded miniature heat sink is 

identical to the investigated cladded heat sink while it is purely 
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made of the cladding layer material. As it can be seen from 

Figures 2 to 4, the full copper-based minichannel heat sinks 

(Full Cu) have the highest local and average Nusselt numbers. 

The pure clad (Full clad) minichannel heat sinks provide the 

lowest local and average Nusselt numbers while Nusselt 

numbers for cladded copper-based minichannel heat sinks fall 

in between. These three figures indicate the higher thermal 

efficiency of a cladded copper-based miniature heat sink 

compared to an identical heat sink made purely of the cladding 

layer material.  
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Figure 3 Local Nusselt numbers for Na flow at Reynolds number 

of 5000 within a cladded minichannel heat sink of α=0.635, 

and Dh = 17.1 mm with a 1 mm thick cladding layer of 

thermal conductivity of 10 W/m.K 
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Figure 4 Local Nusselt numbers for Na flow at Reynolds number 

of 10,000 within a cladded minichannel heat sink of α=0.29, 

and Dh = 21.7 mm with a 0.25 mm thick cladding layer with 

thermal conductivity of 4 W/m.K 

 

Figures 5 and 6 present the trend of average Nusselt 

numbers for cladded and non-cladded miniature heat sinks as a 

function of cladding layer thermal conductivity in two different 

Reynolds numbers of 2500 and 10,000.  
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Figure 5 Average Nusselt numbers in cladded and non-cladded 

miniature heat sinks as a function of cladding layer thermal 

conductivity at Reynolds number of 2500. (α=1, Dh = 14 mm 

and tclad = 4.5 mm).  
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Figure 6 Average Nusselt numbers in cladded and non-cladded 

miniature heat sinks as a function of cladding layer thermal 

conductivity at Reynolds number of 10,00. (α=0.29, Dh = 21.7 

mm and tclad = 0.25 mm).  

 

As it can be seen from the figures, regardless of the Na flow 

Reynolds number and cladding layer thickness, the cladded 

copper-based heat sink (composite) always provides a higher 

heat transfer rate than the identical heat sink made purely of the 

cladding layer material (full clad). The average Nusselt 

numbers in both cladded and non-cladded heat sinks are shown 

to approach the upper limit corresponding to a pure copper heat 

sink (Full Cu case) as the thermal conductivity of the protective 
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cladding layer increases from 4 W/mK to 17 W/m.K. Figures 5 

and 6 further confirm the higher thermal efficiency of a cladded 

copper-based miniature heat sink compared to an identical heat 

sink made purely of the cladding layer material for the 

investigated thermal conductivity and thickness ranges of 

protective cladded layers in this study. 

 

Cladding layer thermal efficiency, fclad, is defined by 

Equation (7) and shown in Figures  7 to 10 to quantitatively the 

thermal capacity of a cladded copper-based miniature heat sink. 

The cladding layer thermal efficiency is obtained using the ratio 

of average Nusselt numbers between a cladded copper-based 

miniature heat sink (composite case) and an identical heat sink 

made purely of the cladding layer material (Full clad case). 

 

 
              (7) 
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Figure 7 Cladding efficiency of a copper-based miniature heat sink 

with α=0.635 and Dh = 17.1 mm at inlet Reynolds number of 

5000.  

 

 

As it can be seen from Figures 7 to 9, for miniature heat 

sinks of aspect ratios 0.1 and 0.635, the thermal efficiency of 

the cladding layer decreases with the thermal conductivity of 

the protective cladding layer. However, for the miniature heat 

sink of the aspect ratio 1, the thermal efficiency of the cladding 

layer has an opposite trend while it almost increases with the 

thermal conductivity of the protective cladding layer. The 

geometric parameters of miniature heat sinks such as aspect 

ratio and hydraulic diameter have been shown to have a 

significant effect on the conjugate heat transfer within 

miniature heat sinks. It was reported that the aspect ratio of a 

miniature heat sink influenced the local and average Nusselt 

numbers by altering temperature and heat flux distributions 

over heat sink walls [15,23]. The observed trends in the 

functionality of the cladding layer thermal efficiency to its 

thermal conductivity in Figures 7 to 9 can be directly related to 

the heat sink aspect ratio. In other words, at the same thickness 

value of the cladding layer, the miniature heat sink with the 

aspect ratio of 1 generates the highest cladding layer thermal 

efficiency while the miniature heat sink with the aspect ratio of 

0.29 has the lowest cladding layer thermal efficiency. In a 

nutshell, the thermal efficiency of the protective cladding layer 

in this study increases as the investigated heat sink channel 

aspect ratio of gets larger (Figures 7 to 9).    
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Figure 8 Cladding efficiency of a copper-based miniature heat sink 

with α=1 and Dh = 14 mm at inlet Reynolds number of 2500.  
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Figure 9 Cladding efficiency of a copper-based miniature heat sink 

with α=0.29 and Dh = 21.7 mm at inlet Reynolds number of 

10,000.  

 

 

The maximum thermal efficiency of the cladding layer is 

almost 30% observed in the miniature heat sink with an aspect 

ratio of 1 in Figure 8.  The maximum thermal efficiency 

corresponds to a cladding layer with a thickness of 0.5 mm and 

thermal conductivity of 7 W/mK. This means a 30% 
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enhancement in the convective heat transfer rate of a cladded 

copper-based miniature heat sink compared to an identical heat 

sink made purely of the cladding layer material.  Inconel 718 

and RHEA are more expensive than the copper and therefore 

the concept of copper-based cladded minichannel heat sink 

proposed and investigated in this research can reduce the total 

cost of operation of miniature heat sinks in extreme working 

conditions. 

 

CONCLUSION  
 

Turbulent flows and heat transfer of liquid sodium (Na) 

within three different copper-based cladded minichannel heat 

sinks have been investigated numerically in the present work. 

The thickness of the cladding layer varied between 0.25 mm to 

4.5 mm while the thermal conductivity of the protective 

cladding layer had the range of 4 W/m.K to 17 W/m.K. The 

investigated aspect ratio and the hydraulic diameter ranges for 

cladded miniature heat sinks were 0.29-1 and 2500-10,000, 

respectively. The investigated thermal conductivity range in 

this work covers four different cladding substrates of Silicon 

Carbide (SiC), Refractory High Entropy Alloys (RHEA), 

Inconel 718,  and stainless steel (SS-316).  

Therma efficiency of the cladding layer was observed to 

increase with the aspect ratio of the miniature heat sink. At the 

same cladding layer thickness, the cladded copper-based 

miniature heat sink of aspect ratio 1 was observed to have the 

highest thermal efficiency while the thermal efficiency of a 

cladded miniature heat sink of aspect ratio 0.29 was observed to 

be the lowest. Moreover, Two different trends were observed in 

the thermal efficiency of the protective cladding layer as a 

function of its thermal conductivity. For the miniature heat sink 

with an aspect ratio of 0.29, the thermal efficiency of the 

cladding layer was enhanced by increasing the thermal 

conductivity of the protective cladding layer. However, in 

cladded miniature heat sinks of aspect ratios of 0.635 and 1, the 

thermal efficiency of the classing layer decreased with the layer 

thermal conductivity.  The maximum thermal efficiency of the 

cladding layer was ~30% observed in the miniature heat sink 

with an aspect ratio of 1.  The maximum thermal efficiency 

occurred at a cladding layer thickness of 0.5 mm thick with 

thermal conductivity of 7 W/mK. This means a 30% 

enhancement in the convective heat transfer rate of a cladded 

copper-based miniature heat sink compared to an identical heat 

sink made purely of the cladding layer material.  Inconel 718 

and RHEA are more expensive than the copper and therefore 

the concept of copper-based cladded minichannel heat sink 

proposed and investigated in this research can reduce the total 

cost of operation of miniature heat sinks in extreme working 

conditions. 
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ABSTRACT 
In the case of nuclear accidents, as well as in the green 

uses of hydrogen, one of the main safety issues is management 

and avoidance of hydrogen explosion. Lots of efforts worldwide 

are put into understanding and predicting turbulent combustion, 

which accelerates the flame and can lead to shockwaves or 

detonation, which could damage the containment of a nuclear 

power plant and release radioactive pollution. 

Current research mostly focuses on the geometry of the 

flame and the containing vessel, as well as the concentration of 

the reactants and diluents. However, there is little 

phenomenological research on the formation and evolution of 

turbulence and interaction with the flame, which can result in its 

acceleration, which is the main motivation of the present study. 

We simulated a premixed 13 %vol hydrogen-air mixture 

combustion in a closed cylinder with a ring-like obstacle using 

flameFoam solver and LES turbulence and FSD combustion 

models. As the flame approached the obstacle, an orderly vortex 

emerged above it and rose with constant velocity. It caused flame 

acceleration and a mushroom-shaped flame brush. Vortex 

rapidly expanded in size and induced a secondary vortex, its 

shape was mostly conserved and was only heavily disfigured 

once it entrained the flame. 

1. INTRODUCTION
During the course of the last 150 years, humankind has

become dependent on fossil fuel. Negative consequences of this 

dependency have prompted starting looking into clean energy 

solutions, e.g., hydrogen or nuclear energy. Both these fields 

experience a risk of hydrogen explosions and, in the nuclear case, 

releases of nuclear pollution into environment are possible. One 

such disaster happened in Fukushima in 2011, when huge 

amounts of hydrogen were released, and a disastrous explosion 

occurred. To manage such risks not only limiting the emission of 

hydrogen is needed, but also a possibility to predict hydrogen 

combustion process. For this purpose, quite often computational 

fluid dynamics (CFD) is used, as well as experiments conducted 

in order to validate CFD solvers. 

The field of hydrogen combustion analysis using CFD is 

still relatively new. Previous research [1][2] often includes 

validation of solvers or models in different conditions, e.g., 
concentration of diluents. Other studies focused on flame shape: 

it was found that the shape of a purely laminar flame in a tube 

NOMENCLATURE 
DaT [-] Turbulent Damköhler number 

Ka [-] Karlovitz number 
ρ [kg/m3] Density 

t [s] Time 

U [m/s] Velocity 
τeff [N/m2] Shear stress 

p [Pa] Pressure 

g [m/s2] Gravity  
h [J] Enthalpy 

K [J] Kinetic energy

α [m2/s] thermal diffusivity 
Sh [kg2m-1s-3] Enthalpy Source  

Sc [kg2m-1s-3] Combustion source  

ST [m/s] Turbulent flame speed  
SL [m/s] Laminar flame speed  

Ξ∆ [-] Wrinkling factor 

c [-] Progress variable  
ScT [-] Turbulent Schmidt number 

Le [-] Lewis number 

PrT [-] Turbulent Prandtl number 
μ [kg/m/s] Viscosity 

Superscripts 

ˉ Filtered quantity 

 ͂ Favre averaged quantity 

undergoes four phases: sphere, finger, skirt and tulip shapes, 

according to Clanet and Searby [3]. This was confirmed by Xiao, 

et al. experiments [4] using Schlieren imaging, and their 

computer simulations agreed with the experiments. The same 

experiments were later used for validation by Sheng, et al. [5], 

who took investigation further: a simulation of hydrogen flame 

in tubes with 3 different shaped obstacles was carried out, which 

concluded that a triangle prism shaped obstacle more intensely 

generated turbulence and flame acceleration than a cylinder. One 

of the factors which causes flame acceleration is reduction in 

flow cross-section, or increase of blockage ratio, which was also 

investigated by Jaseliūnaitė and Povilaitis simulations [6] in a 

vessel with different blockage ratios provided evidence that 

bigger blockage ratio leads to more turbulent combustion and 

faster flame acceleration. 

Few studies research the interaction between a flame and a 

vortex and focus on dynamics of one or a few vortices during the 

combustion process and their direct influence on the flame front. 

In this paper, we present our efforts to conduct such research of 

the interaction between a flame and a vortex. 
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2. METHODOLOGY 
2.1. Numerical methods 

 Simulation was carried out using CFD solver flameFoam 

[7], which solves the Navier-Stokes and combustion equations. 

The solver is based on open-source CFD toolkit OpenFOAM [8]. 

flameFoam supports combustion modelling in RANS and LES 

cases, and we used the latter for our simulation, since it evaluates 

turbulence more accurately and is more often used for 3D 

simulations. Yet it is worth noting that LES is more 

computationally expensive. 

 LES is based on direct numerical simulations (DNS) 

method, but, in implicit filtering case, it directly resolves only 

the vortices that are bigger than the size of the mesh cell, while 

the smaller vortices are filtered out. When filtering is applied, the 

Navier-Stokes equations become: 

The effects of the smaller vortices, the sub-grid-scale 

(SGS) ones, are approximated using SGS models. Two different 

groups of SGS models can be distinguished: turbulent viscosity 

models and combustion models. SGS viscosity models evaluate 

the effects of SGS vortices by calculating turbulent viscosity μT, 

sometimes also called eddy viscosity, which is then added to 

molecular viscosity, and plays a part in causing friction for larger 

vortices. In this study, we used WALE [9] (Wall Adapting Local 

Eddy-viscosity) SGS viscosity model. SGS combustion models, 

on the other hand, evaluate the increase in flame speed due to 

SGS vortices. One of the methods to do so is flame surface 

density (FSD) method, which evaluates the turbulent wrinkled 

flame speed: 

flameFoam has two correlations implemented for wrinkling 

factor: Pitsch – Duchamp de Lageneste [10], which is yet to give 

reliable results, and Charlette [11] correlation, which previously 

provided great results [12] and was used in our simulation as 

well. SL in flameFoam can be either set to constant, or be 

modelled by either Malet [13] or Artificial Neural Network 

(ANN) model, which was developed for flameFoam, provided 

accurate results [12] and therefore was used in present study. 

Like many combustion solvers, flameFoam models the 

combustion by using a dimensionless progress variable c which 

is 0, when the mixture is unburned, and 1, when its fully burned. 

It is modelled by its balance equation: 

Sc is modelled using ST: 

 

2.2. Analysis methods 

The fields in the vessel were analyzed graphically and 

illustrated using a free software Paraview [14]. Vertical flame 

propagation velocity was measured by listing times at which 

every height was reached by the flame (c = 0.5) for the first time.  

When identifying vortices, relying solely on pressure 

minimums or streamlines is not 100% reliable (according to 

Jeong and Hussain [15]), and therefore, we also evaluated Q-

criterion [16] – a number, which is positive when vorticity is 

larger than shear stress – field, and used it to detect vortices.  

 

2.3. Computational mesh and initial conditions 

 Closed cylinder with one ring-like obstacle (of 4mm 

thickness) was simulated. Obstacle height above the ignition 

point, which was at the bottom of the cylinder, was 0.146-0.15m. 

The illustration of simulation geometry is provided in Fig. 2.1.  

 

Figure 2.1. Mesh geometry 

 Initial conditions were based on normal environment. A 

full list of initial conditions, used constants and mesh data are 

provided in table 2.1. 
Initial conditions 

p 100 000 Pa 

T 296.15 K 

XH2 0.13 

XH2O 0 

Constants 

Le 0.34 

α 2.3 × 10-5 

PrT 0.85 

ScT 0.9 

μ 1.83023 × 10-5 kg/m/s 

g 0 m/s2 

Mesh 

Cell size 2 mm 

Number of Cells 1555008 

Table 2.1. Initial conditions, constants and mesh data. 

 
3. RESULTS AND ANALYSIS 
3.1. Initial observations 

After carrying out the simulation, initially we analyzed 

vertical velocity of flame propagation (Figure 3.1) and the 

evolution of its shape (Figure 3.2). The shape of the flame is 

illustrated by rendering only the isovolume with 𝑐 ∈ [0.95; 1]. 

𝜕�̅�

𝜕𝑡
+ ∇ ∙ (𝜌𝑈) = 0 (1) 

𝜕�̅�𝑈

𝜕𝑡
+ ∇ ∙ (𝜌�̃� × 𝑈) = ∇ ∙ 𝜏𝑒𝑓𝑓 − ∇𝑝 + 𝜌𝑔 (2) 

𝜕�̅�ℎ̃

𝜕𝑡
+ ∇ ∙ (𝜌�̃�ℎ̃) +

𝜕�̅�𝐾

𝜕𝑡
+ ∇ ∙ (𝜌�̃�𝐾) =

𝜕�̅�

𝜕𝑡
+ ∇ ∙ (𝛼𝑒𝑓𝑓∇ℎ̃) + �̅�(�̃� ∙ �̃�) + 𝑆ℎ(𝑆𝑐) (3) 

𝑆𝑇 = 𝑆𝐿𝛯∆  (4) 

𝜕�̅��̃�

𝜕𝑡
+ ∇ ∙ (𝜌�̃��̃�) = ∇ ∙ (

𝜇𝐸𝑓𝑓̅̅ ̅̅ ̅̅

𝑆𝑐̅̅ ̅𝑇
∇�̃�) + 𝑆𝑐 (5) 

𝑆𝑐 = 𝜌𝑢𝑆𝑇|∇𝑐| (6) 
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Figure 3.1. Flame vertical velocity vs flame height 

Vertical flame velocity in Fig. 3.1 starts growing at 

around t = 2 ms, until it reaches a maximum at around t = 5 ms 

at the height of 0.17 m, corresponding to the position 

immediately above the obstacle. The same can be seen in Fig. 

3.2, where the flame at t = 5 ms suddenly stretches upwards. At 

higher positions we observe a vertical deceleration of the flame 

due to its interaction with a vortex and a formation of a 

mushroom shaped flame. Reasons for such flame propagation 

velocity evolution are more broadly investigated in Section 3.2. 

Until the obstacle is reached, the evolution of the flame 

shape agrees with results obtained by Xiao experiments [4] and 

Sheng simulations [5]: through the times 1 ms to 4 ms the flame 

is roughly hemispherical, and is growing roughly evenly in all 

directions. Furthermore, it maintains a roughly symmetrical 

shape up until t = 2.5 ms. The main difference from Sheng results 

is that we observe a heavily wrinkled flame. We distinguished 

two possible causes to explain this wrinkling. 

One, Sheng performed simulations with 30 %vol 

(stoichiometric) hydrogen-air mixture, whereas we used 13 %vol 

(lean) mixture. Laminar flames in lean hydrogen mixtures tend 

to wrinkle due to Le being significantly less than 1 at these 

mixtures, a phenomenon which is thoroughly investigated in 

literature [17]. Also, in lean mixtures, laminar flame propagates 

slower (𝑆𝐿 ≈ 0.4 𝑚/𝑠 in 13% case), and therefore hydrodynamic 

and preferential diffusion instabilities have more time to perturb 

the flame front before it reaches the obstacle. This was not 

observed in Sheng‘s simulation due to higher laminar flame 

speed (𝑆𝐿 ≈ 2.1 𝑚/𝑠 in 30% case), and a weaker instability effect. 

Second, our vessel had a diameter of 0.23 m, whereas 

Sheng used a vessel of 0.082 m diameter. This means that our 

flame has to come a longer path to the wall, and has more time 

for wrinkles to grow. At time t = 3 ms observed a vertical flame 

speed of 35 m/s consists of the combustion speed (solely due to 

the chemical reaction) and the speed of moving gas. At that time, 

as seen in Fig. 3.3, the velocity of moving gas is around 25 m/s. 

Therefore, the combustion speed is around 10 m/s. Speed of such 

magnitude can be explained as quasilaminar flame, which is 

being accelerated by hydrodynamic, preferential diffusion and 

acoustic (Fig. 3.4) perturbations. 

 

 

Figure 3.2. Evolution of flame shape 

 

Figure 3.3. Gas streamlines; red contour marks flame front 

After t = 4 ms, the flame is strongly accelerated upwards 

near the obstacle, where it’s vertical velocity peaks at 80 m/s. 

From t = 5 ms onwards the flame front above the obstacle begins 

to move towards the sides of the tube, whereas vertical flame 

speed starts to decline. Thus, a mushroom shaped flame is 

formed; at t = 7 ms, the base of the mushroom starts extending 

even below the obstacle (Fig. 3.3), whereas the vertical speed of 

the upper front plummets to only about 40 m/s. 

 

3.2. Formation of vortices and their identification 

The formation of the mushroom shape was caused by a 

vortex, which formed behind the obstacle. Once the flame is 

entrained in the vortex, we can’t really see the whole flame brush 

in Fig. 3.2. Therefore, in Fig. 3.3 we illustrate a vertical slice of 
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the test vessel with the flame front and streamlines to explain the 

mechanism of mushroom shape formation: 

 

 

Figure 3.4. Pressure waves at t = 3 ms 

 During the first 3 ms, the combustion in the bottom of the 

vessel increased gas pressure there and pushed unburned gases 

upwards through the obstacle. At times 3 to 4 ms, these gas 

streams started forming a vortex just behind the obstacle. This 

vortex is of toroid shape, rising up the vessel and growing rapidly 

in size and rotation velocity. Through times 4 to 5 ms flame front 

reaches the vortex and is accelerated upwards by it. This explains 

vertical flame speed peak of 80 m/s in Fig. 4.1. At around t = 6 

ms the flame front reaches the top of the vortex, and is now 

accelerated towards the sides of the vessel, whereas acceleration 

upwards is ceased. At t = 7 ms the flame front is completely 

entrained into the vortex, and we see a mushroom shaped flame. 

To better explain the vortex formation, we illustrate the 

pressure field near the obstacle in Fig. 3.5. We can see that as the 

gasses travel past the obstacle, a pressure minimum is formed 

just behind it, and soon the eye of a vortex emerges at that area. 

The mechanism of vortex formation becomes clear as well: gas 

passes the obstacle at high velocities, and they would proceed to 

do so due to inertia; however, the pressure minimum behind the 

obstacle cause the gas stream to bend towards it. When the 

streamline is curved strongly enough, the gases cannot escape 

the pressure minimum anymore and start spinning around it. 

 

Figure 3.5. Pressure field behind the obstacle 

Both Fig. 3.3 and 3.5 illustrate that the vortex (or the 

pressure minimum – the eye of the vortex) is rising up the vessel. 

To investigate this phenomenon, we probed the pressure at 

heights 0.15m to 0.22m (at points which are passed by the vortex 

eye). Since during the course of the simulation the average 

pressure in the vessel increased more than twice (from 105 Pa to 

2.2×105 Pa), we normalized the probed pressures by dividing 

them by the average pressure vessel at that point in time (Fig. 

3.6). The triangles mark the points where the pressure at one 

probed point becomes larger than the pressure in the adjacent 

point. Since the position of the vortex eye matches the position 

of the pressure minimum, these points show us that at these times 

the vortex epicenter is at the arithmetic mean of heights of points 

with intersecting pressure curves. We plotted these points in a 

height vs time graph (Fig. 3.7). By approximating this to be a 

line (R2 = 0.994), we got a line with a slope, and therefore the 

velocity of vortex ascension, of 16.67 m/s.  

 

Figure 3.6. Pressure vs time plots above the obstacle 

 

Figure 3.7. Linear fit for vortex positions. 

 In Fig. 3.3, at times through 7 to 8 ms, we see the base of 

the mushroom advancing downwards. This means that instead of 

going up, now most of the streamlines going out of the vortex 

near the obstacle are going down.  We also see the cap of the 

mushroom bending downwards just by the obstacle. This raises 

suspicions of at least one more vortex having formed in the 

vessel, which we had not captured with the streamlines. To 

identify more vortices we employed the Q-criterion, and 

illustrate our results in Fig. 3.8. 

This method quickly and clearly identifies the main toroid 

vortex, which forms near the edge of the obstacle around t = 3 

ms and by t = 7 ms it entrains the flame front, as mentioned 

before. However, Q-criterion provides us with deeper insight 

into flame and vortex interaction: when the vortex entrains the 

flame, the vortex is disfigured, and it’s very orderly toroid shape 

is destroyed in the last miliseconds of the simulation. Besides, 

the Q-criterion confirms our suspicions about another vortex 

formation: at t = 8 ms, we see a thin vortex forming just above 

the obstacle, by the wall of the vessel. This shows us the main 

advantage of Q-criterion against streamlines when detecting 

vortices: finding this vortex unknowingly using streamlines 

would require us to densely graph them in the whole vessel. Even 

if we managed to draw dense streamlines in the whole volume of 

the vessel, the view would be too messy to clearly distinguish a 

vortex by the eye. Instead, we can only draw the streamlines of 
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the secondary vortex only when we draw the streamlines in small 

areas very close to the vortex (when we know that it‘s there). 

This and the disadvantages of using only pressure minimums to 

detect vortices allow us to state that Q-criterion proved to be the 

most handful tool when detecting vortices. 

 

Figure 3.8. High Q-criterion isosurfaces 

 In Fig. 3.8 we present the ninth ms in shorter time 

intervals, since it not only shows that a second vortex is formed, 

but also a third one, bellow the obstacle. It partakes in the base 

of the mushroom moving downwards, pulling unburned gas 

mixture down the base of the mushroom and then towards the 

walls of the vessel. 

 

Figure 3.9. Streamlines in the primary vortex at t = 5.5 ms. 

 Once we had identified all vortices, we illustrated them 

using streamlines only in their domains in Figs 3.9-3.11 with the 

purpose of investigating their interaction. First of all, Fig. 3.9 

shows the main vortex which caused the mushroom flame 

formation at t = 5.5 ms. Streamlines are drawn dense enough for 

us to make out the surface of the vortex. The later seems to be 

very orderly, with only minor deviations from the torus shape, 

which agrees with our observations obtained using Q-criterion. 

This vortex surrounds the flame and like a pump pulls the 

burning mixture up. The streamlines indicate gas velocity of 

around 70 m/s in the inner part of the vortex, which agrees with 

the velocity illustrated in Fig. 3.1. The gas velocities at the inner 

and outer parts of the vortex differ: the outer part has velocities 

of around 40 m/s. This is because we measure the absolute 

velocity with respect to the vessel, and, since the vortex is rising 

up, the inner part (moving downwards) has the rising velocity 

subtracted from it, whereas the velocities of gases in the inner 

part of the vortex have the vortex rising velocity added. This is 

proved by the inner and outer velocities having a difference of 

~30 m/s, which correlates closely with twice the vertical speed 

of the vortex (33.3 m/s). Thus, the velocity of gases around the 

vortex with respect to the vortex is the arithmetic mean of inner 

and outer parts, that is, ~55 m/s. 

 

Figure 3.10. Primary and secondary vortices at t = 7.5 ms. 

 Fig. 3.10 illustrates the primary vortex at a higher position 

and a secondary vortex at t = 7.5 ms. The gases in the secondary 

vortex move slower, with velocities rarely reaching even 15-20 

m/s. At the same time, the velocities in the first vortex reach up 

to 60-70 m/s, but at this time there are no significant differences 

at different sides of the vortex, since at this point it has already 

stopped rising. Again, this reinforces our statement that the 

velocity difference in inner and outer parts of the vortex in Fig. 

3.9 was caused by the ascending. Lastly, Fig. 3.10 shows us that 

as the near perfect toroid shape of the vortex is destroyed as the 

flame front penetrates it, and a chaotic vortex arises. We explain 

this phenomenon as follows: since our flame is asymmetric and 

a bit chaotic, it reaches the surface of the vortex at somewhat 

random places at different times. Thus, the temperature and 

pressure caused by combustion at random parts of the vortex 

causes random vortex deviations from the torus shape. 

 

Figure 3.11. A single subvortex at t = 7.5 ms. 

Fig. 3.10 shows that some streamlines of the first vortex 

go into the second vortex. Moreover, the first vortex now looks 
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as it is made up of many smaller vortices, which are distributed 

in a ring-like formation. To investigate one such “sub-vortex”, 

we draw only the streamlines of this sub-vortex in Fig. 3.11. This 

sub-vortex originates in the eye of the main vortex with 

velocities reaching 10 m/s. The stream goes spiraling out of the 

eye with increasing velocities (up to 60 m/s) – a phenomenon 

known as lateral evacuation is observed. After the stream escapes 

the main vortex, it flows by the vessel wall downwards and feeds 

into the secondary vortex. 

 Based on the observations, we distinguished 3 flow 

configurations and illustrated them in Fig. 3.12: 

1. At t = 3.5 ms a little primary vortex is formed just above 

the obstacle by passing gas stream. 

2. From t = 3.5 ms onwards this vortex is rising up the vessel 

and expanding in size and gas velocity. 

3. At t = 8 ms the primary vortex has already stopped, and 

its separation point vanishes; instead, the stream leaving 

the primary vortex separates just above the obstacle. 

Some of the gases still go up back to the vortex, but the 

other part goes down below the obstacle. This flow 

separation creates a saddle point. At the same time, the 

stream of the first vortex near the wall by the obstacle 

form a secondary vortex with opposite direction of 

rotation. The boundaries of the vortices form half-saddle 

points by the walls of the vessel. 

 

Figure 3.12. Evolution of primary and secondary vortices. 

 

4. CONCLUSIONS 
A simulation of premixed 13 %vol hydrogen-air mixture 

combustion in a closed vessel with a ring-like obstacle was 

carried out. We found that flame acceleration was caused by: 

• Below the obstacle – wrinkled flame surface (caused by 

acoustic instabilities due to pressure waves being 

reflected from the vessel walls) and induced flame 

asymmetries. Flame accelerated up to 30 m/s; it is likely 

that such behavior only can be observed in lean hydrogen-

air mixtures, since only these mixtures exhibit Le < 1 and 

are susceptible to perturbation due to hydrodynamic and 

preferential diffusion instabilities. 

• Upon reaching the obstacle – decrease of gas flow cross-

section and a primary vortex behind the obstacle 

interacting with the flame causes the flame to propagate 

even faster, up to 80 m/s. 

The deceleration above the obstacle was also caused by the 

interaction of the flame with the primary vortex, which now 

makes the flame take a mushroom shape. As the flame passes the 

obstacle, the primary vortex behind it is of orderly torus shape 

but not stationary; instead, it grows in magnitude and rises up the 

vessel at constant 16.67 m/s speed. While rising, the primary 

vortex undergoes lateral evacuation and forms a secondary 

vortex. As the flame is entrained into the primary vortex, the 

latter starts to break down and loses its orderly structure. 
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ABSTRACT 
The loss of coolant accidents (LOCA) postulated to occur in the 

vacuum vessel (VV) of the International Thermonuclear 

Experimental Reactor (ITER) entails dangerous VV 

pressurization, which is foreseen to be mitigated by steam 

discharge into the Vacuum Vessel Pressure Suppression System 

(VVPSS). This safety system realizes steam direct contact 

condensation (DCC) in four Vapour Suppression Tanks (VSTs, 

100 m3 each) at a very characteristic initial condition: sub-

atmospheric cover gas pressure, for receiving steam from the 

VV at low pressure (0.2 ÷ 1.5 bar abs). This upper limit was 

defined to preserve the VV structural integrity. 

The scenario of steam DCC at vacuum condition in a VVPSS 

tank was extensively experimentally investigated at University 

of Pisa (UNIPI) Laboratory Guerrini, in a suitable Large-Scale 

Test Facility (LSTF), assuming a wide range of water pool 

temperature, injected steam mass flow rate and water pool 

pressure, characteristic for ITER VV postulated LOCA event. 

In addition, both a scaled and mock-up configuration of the 

sparger adopted in the VVPSS were implemented and tested in 

the LSTF. This activity continues and builds up the UNIPI 

research commitment, started with Small-Scale Test Facility 

projects (SSTF, condensation vessel of 4.5 m3), increasing the 

condensation tank volume and steam mass flow rate to 92 m3 

and 500 g/s, respectively. This effort aimed to contribute to fill 

the existing literature gap regarding the steam DCC at sub-

atmospheric pressure. 

An overall number of 174 steam DCC experimental tests, 

subdivided in four campaigns, was carried out in the LSTF for 

water pool temperature ranging between 30 and 100°C, steam 

mass flow rate 50 ÷ 500 g/s and water pool cover gas pressure 

20 ÷ 100 kPa abs. Steady state pure steam and steam plus non-

condensable (air) tests were carried out with both sparger 

system A (scaled) and B (mock-up). In addition, pure steam 

transient tests were also performed adopting both spargers. The 

experimental results were plotted in the available condensation 

map, previously elaborated during SSTF activities at sub-

atmospheric condition, verifying the instability regime domains 

with the support of the LSTF video acquisition system. In 

addition, the analysis of pressure drops across both spargers 

was carried out providing a relation with the injected steam 

mass flow rate. Finally, the condensation efficiency was 

evaluated for the whole test campaign showing a value next to 

100% (complete condensation), with the exception of tests 

performed with water pool at saturation conditions (92%). This 

research activity permitted an extensive characterization of 

steam DCC regimes in vacuum conditions, occurring in ITER 

VVPSS during postulated LOCA scenarios, and contributed to 

evaluate and confirm the VVPSS safe functioning. 

1 INTRODUCTION 
The operability validation of ITER Vacuum Vessel Pressure 

Suppression System (VVPSS) was experimentally investigated 

in the Large-Scale Test Facility (LSTF) at Lab. Guerrini of the 

University of Pisa, consistently with technical specifications 

[1]. 

The steam direct contact condensation (DCC) was 

extensively analysed in a tank (experimental test tank, ETT, 92 

m3) with cover gas at vacuum conditions, relevant for the 

vapour suppression tank (VST, 100 m3, constituting one of the 

four VVPSS tanks). The adopted boundary conditions were 

defined coherently to the postulated Ingress of Coolant Event 

(ICE cat. IV) scenario provided by ITER Organization [2]. Two 

steam SParger Systems (SPSs) were separately implemented 

and tested in the LSTF: the scaled SPS-A with 100 holes and 

full-scale SPS-B with 1000 holes. 

An overall number of 174 DCC tests, subdivided in four 

experimental campaigns, were successfully performed in the 

ETT at sub-atmospheric pressure up to 0.1 bar abs. The water 

pool temperature was in-between 30 and 100°C and steam mass 

flow rate ranged from 50 to 500 g/s. Three groups of tests were 

carried out adopting both SPS-A and SPS-B: 1) steady state 

pure steam; 2) transient state pure steam; and 3) steady state 

steam + non-condensable gas (NCG = air) (see Table 1). The 

mixed condensation was performed with air mass flow rate up 

to 150% of the steam one. 

The overall experimental campaign was supported by a 

highly instrumented facility [3]-[5], provided with a video 

recording and acquisition system, for characterising 

condensation regimes and evaluating the condensation 

efficiency. This latter one constitutes the key result for 

qualifying the VVPSS performance.  
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Table 1 Tests number and characteristic of the four 

experimental campaigns 

Experimental 

Campaign 

Pure Steam 

Steady State 

Pure Steam 

Transient 

Steam + NCG 

Steady State 

I (SPS-A) 12 5 1 

II (SPS-A) 56 17 21 

III (SPS-A) 15 9 12 

IV (SPS-B) 18 3 5 

Partial test 

number 
101 34 39 

Total test 

number 
174 

 

This activity constitutes the natural continuation of the 

experimental analysis of steam DCC at vacuum conditions 

carried out in the separate effect Small Scale Test Facility 

(SSTF). This plant is characterized by a condensation tank of 

4.5 m3 and about 400 tests provided an innovative condensation 

map (pool water temperature as function of injected steam mass 

flux divided by pressure in front of the injection hole) for DCC 

at sub-atmospheric pressures [5]-[7]. 

The design of the LSTF was supported by CFD Ansys 

Fluent® calculations [8], suitable to evaluate the upper water 

pool temperature and consequently the related saturation 

pressure in the ETT cover gas, for the foreseen test matrix. In 

addition, this numerical analysis was able to verify the scaling 

law for extending the ETT condensation results to the VST 

ones [8]. The numerical analysis was also oriented to evaluate 

the capabilities of the multi-fluid multi-phase SIMMER-IV 

code for simulating steam DCC at vacuum pressure (post-test 

of a SSTF run). This code showed promising capabilities to 

manage such a transient scenario, but required an excessively 

high calculation time [9]. 

In the open literature, experimental and numerical studies 

on steam DCC at sub-atmospheric pressure are not available. 

The research activities carried out at Laboratory Guerrini of 

University of Pisa aim to contribute to fill this gap. 

The experimental data available in literature are obtained 

for steam condensation at atmospheric pressures and mainly 

oriented to characterize the steam plume shape and geometrical 

parameters (e.g., ratio between steam jet length and diameter) 

[10]-[15] on the basis of steam mass flux, condensation driving 

force, water pool and steam temperature. Correlations for the 

average heat transfer coefficient between the steam plume and 

the water pool are also published as function of the 

abovementioned parameters [11],[16]-[18]. In addition, open 

literature provides a series of steam condensation regime maps, 

highlighting six main regimes (chugging, transitional chugging, 

condensation oscillation, stable condensation, bubbling 

condensation oscillation and interfacial oscillation 

condensation) as function of the water pool temperature and 

injected steam mass flux [11],[19]. 

The condensation maps elaborated on the basis of the sub-

atmospheric tests, performed in the LSTF at University of Pisa, 

are plotted adopting as reference parameter the steam mass flux 

divided by the water pool pressure (acquired in front of the 

sparger hole). The addition of pressure dependence in the maps 

allows to take into account the effect of vacuum conditions. 

The pressure losses across the two spargers (SPS-A and SPS-B) 

holes are also presented underlining the relation with the steam 

mass flow rate. Finally, the global condensation efficiency is 

plotted for the entire experimental campaign (174 tests). 

 

2 NOMENCLATURE 

 
G [kg/m2s] Steam mass flux 

G/P [s/m] Steam mass flux divided by pressure  

P [Pa] Pressure 

ΔP [Pa] Pressure drops across the sparger holes 

TW [°C] Water pool temperature 

 

3 ABBREVIATION 
 
BCO Bubbling Condensation Oscillation 

C Chugging 

CFD Computational Fluid Dynamics 

CIWH Condensate-Induced Water Hammer  

CO Condensation Oscillation 

DCC Direct Contact Condensation 

ETT Experimental Test Tank 

ICE Ingress of Coolant Event 

IOC Interfacial Oscillation Condensation 

ITER International Thermonuclear Experimental Reactor 

LOCA Loss Of Coolant Accident 

LSTF Large Scale Test Facility 

NCG Non-Condensable Gas 

SC Stable Condensation 

SPS SParger System 

SSG Superheated Steam Generator 

SSTF Small Scale Test Facility 

TC Transition Chugging 

UNIPI University of Pisa 

VST Vapour Suppression Tank 

VV Vacuum Vessel   

VVPSS Vacuum Vessel Pressure Suppression System 

 

4 LARGE SCALE TEST FACILITY 
A collaboration with ITER Organization is ongoing at 

University of Pisa for several years, with the aim to characterise 

the steam DCC in relevant condition for the safety system of 

ITER tokamak called Vacuum Vessel Pressure Suppression 

System (VVPSS). It is made of 4 Vapour Suppression Tanks 

(VSTs) of 100 m3 partially filled with water and maintained at 

sub-atmospheric conditions, for receiving and condensing 

steam from the Vacuum Vessel (VV) in case of in-vessel water 

cooling lines rupture. This scenario could be made worse in 

case of concurrent vacuum loss (air entrance).  

Aiming to investigate the condensation capabilities of 

VVPSS during the postulated accidental scenario called ingress 

of coolant event (ICE) category IV [2][20] (corresponding to a 

large LOCA of multiple double ended break of more than 100 

first wall cooling pipes, with a break area of about 0.02 m2 

[21]), a Large Scale Test Facility (LSTF) was designed, 

constructed, instrumented and operated at University of Pisa 

(simplified diagram is shown in Figure 1). 
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Figure 1 Simplified diagram of the LSTF 

 

LSTF is mainly characterized by the experimental test tank 

(ETT, on the left of Figure 2) of 92 m3, were steam is 

condensed in about 55 m3 of softened water. The ETT cover 

gas pressure was reduced up to about 0.05 bar by a 45 kW two 

stages liquid ring vacuum pump (VP, top-right of Figure 2). 

Steam is provided by a 1.75 MW electrical superheated steam 

generator (SSG, bottom-right of Figure 2) able to provide up to 

about 500 g/s of steam at 25 bar and 250°C. Steam is injected 

into the ETT water pool passing through a sparger (scaled 

sparger systems SPS-A with 100 holes and the mock-up SPS-B 

with 1000 holes), see Figure 3. In the same figure it is possible 

to note bars supporting instrumentation (60 resistance 

temperature detectors and 6 mm tubes for 23 pressure sensors). 

The steam mass flow rate was regulated in the ranges 0÷100 

and 100÷500 g/s by two steam pipe lines of nominal diameter 

DN40 and DN80 with Samson Globe valves type 3241-7 with 

pneumatic diaphragm actuator and electro-pneumatic 

positioner, respectively. 

A more detailed plant description is available in [3]-[5]. 
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Figure 2 Experimental Test Tank (ETT), Vacuum Pump 

(VP) and Superheated Steam Generator (SSG) 

 

Figure 3 Internal view of the ETT showing the two 

spargers: SPS-B (left) and SPS-A (right) and instrumentation 

supports 

5 EXPERIMENTAL RESULTS 
 

5.1 Condensation Maps 

The pure steam tests performed in the 1st and 2nd 

experimental campaign, with SPS-A (see Table 1), are plotted 

in the condensation map shown in Figure 4. Data points are 

depicted as water pool average temperature (TW) in function of 

steam mass flux per water pool pressure (G/P), measured in 

front of the sparger, these parameters are detailed in [22]. In the 

maps, the condensation regimes are labelled: chugging “C”, 

transitional chugging “TC”, condensation oscillation “CO”, 

stable condensation “SC”, bubbling condensation oscillation 

“BCO” and interfacial oscillation condensation “IOC”. 
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Figure 4 Condensation map of the pure steam tests of the first 

and second test campaign (SPS-A) 

 

The steam + NCG tests performed in the 1st and 2nd 

experimental campaign (SPS-A) are plotted in the condensation 

map shown in Figure 5. Data points are depicted as water pool 

average temperature as function of steam mass flux per water 

pool pressure in front of the sparger (data available in [22]). 

The injected NCG (air) determined a relevant pressure increase 

(up to the atmospheric value) in the ETT cover gas, entailing 

the reduction of G/P parameter during the test. In this scenario, 

the tests plotted in Figure 5 show low temperature increase and 

high G/P decrease (i.e., from right to left), passing from 

Condensation Oscillation regime to Transitional Condensation 

and reaching the more unstable Chugging regime. 
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Figure 5 Condensation map of the steam + NCG tests of the 

first and second test campaign (SPS-A) 

 

The transient tests performed in the 1st and 2nd experimental 

campaign (SPS-A) are plotted in the condensation map shown 

in Figure 6. Data points are depicted as water pool average 

temperature in function of steam mass flux per water pool 

pressure in front of the sparger. The steam mass flow rate 

variation (i.e., increase) determined the G/P parameter growth. 

It is visible in Figure 6, in which tests temperature increases to 

the right and the condensation regimes pass from Chugging to 

Transitional Chugging and successively to Condensation 

Oscillation. Only test number 5 has a steam mass flow rate 

increase sufficient to reach stable condensation regimes. 
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Figure 6 Condensation map of the Transient Tests of the first 

and second test campaign (SPS-A) 

 

The pure steam tests, performed in the 3rd experimental 

campaign, are plotted in the condensation map shown in Figure 

7. Data points are depicted as water pool average temperature 

as function of steam mass flux per water pool pressure in front 

of the sparger. This series of tests was carried out at high ETT 

water pool temperature, above 70°C, corresponding to 

condensation regimes of Chugging and Bubbling Condensation 

Oscillation. 
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Figure 7 Condensation map of the Pure Steam Tests of the 

third test campaign (SPS-A) 

 

The steam + NCG tests performed in the 3rd experimental 

campaign are plotted in the condensation map shown in Figure 

8. Data points are depicted as water pool average temperature 

as function of steam mass flux per water pool pressure in front 

of the sparger. The injected NCG (air) determined a relevant 

pressure increase in the ETT, entailing the reduction of G/P 

parameter during the test occurrence and water pool 

temperature increased due to the condensing steam (from right 

to left). The high temperature of water pool determined 

unstable condensation regimes: Interfacial Oscillation 

Condensation, Bubbling Condensation Oscillation (mainly) and 

Chugging. 
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Figure 8 Condensation map of the steam + NCG test of the 

third test campaign (SPS-A) 

 

The Transient Tests, performed in the 3rd experimental 

campaign, are plotted in the condensation map shown in Figure 

9. Data points are plotted as water pool average temperature as 

function of steam mass flux per water pool pressure in front of 

the sparger. The increase of steam mass flow rate entailed the 

increase of G/P parameter (from left to right). The water pool 

temperature initial conditions (below 70°C) determined initial 

Chugging condensation regimes, passing through the 

Transitional Chugging and reaching the Condensation 

Oscillation. 
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Figure 9 Condensation map of the Transient Tests of the third 

test campaign (SPS-A) 

 

The pure steam tests performed in the 4th campaign, adopting 

the full-scale sparger (SPS-B), are plotted in the condensation 

map shown in Figure 10. Data points (red squares) are plotted 

as the average temperature of the whole water pool in function 

of steam mass flux per water pool pressure. The resulting 

condensation regime is Chugging. 
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Figure 10 Condensation map of the Pure Steam Tests of the 

fourth test campaign (SPS-B) 

 

The 5 steam + NCG tests performed in the 4th campaign, 

adopting the full-scale sparger (SPS-B), are plotted in the 

condensation map shown in Figure 11. The resulting 

condensation regime is Chugging. 

The 3 transient tests performed in the 4th campaign, 

adopting the full-scale sparger (SPS-B), are plotted in the 

condensation map shown in Figure 12. The resulting 

condensation regime is Chugging. In the test number 174 the 

decreasing steam mass flow rate caused a temperature increase 

at lower G/P values. The other two plotted tests (149 and 170), 

instead, were characterized by increasing steam mass flux and 

consequently temperature increased to the right. 
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Figure 11 Condensation map of Steam + NCG tests of the 

fourth test campaign (SPS-B) 
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Figure 12 Condensation map of the Transient Tests of the 

fourth test campaign (SPS-B) 

 

5.2 Sparger pressure drops 

The pressure drops (ΔP) across the spargers holes were 

determined computing the difference between the measured 

pressure inside the sparger at the upper holes row (sensor 

PE1001) and at the same level in the pool, close to the sparger 

(sensor PE1207). 

The obtained experimental results showed the relevant 

dependence to the water pool pressure in front of the sparger 

(PE1207) in vacuum conditions, highlighting that steam mass 

flow rate divided by pressure (Q/P) is more appropriate to 

describe phenomena at sub-atmospheric pressure, instead of the 

only steam mass flow rate (Q). Indeed, ΔP/P=f(Q/P) showed 

lower data point dispersion, for steady state pure steam and 

steam + NCG and for transient tests. It was confirmed by lower 

R-squared residual related to the trend line. It is shown for pure 

steam tests in Figure 13, with error bands ± 15% in green and 

red and R-squared equal to 0.902 for ΔP/P=f(Q/P). Instead, ΔP 

data plotted as f(Q) provided R-squared=0.639. Moreover, the 

trend lines of ΔP/P=f(Q/P) for steam + NCG and Transient 

tests are included in the error band of Figure 13. Therefore, the 

blue dotted trend line of this picture is assumed representative 

of the entire SPS-A test matrix (1÷148 tests).  

 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 603 of 1061



    

y = 1.161E-01x2 + 1.667E-01x
R² = 9.023E-01

0

0.1

0.2

0.3

0.4

0.5

0.6

0.7

0.8

0.9

0 0.2 0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2

Δ
P/

P
 [

-]

Q/P [kg/(s bar)]

1st 2nd 3rd campaign

Polynomial +15%

Polynomial -15%

Polin. (1st 2nd 3rd campaign)

 
Figure 13 Pressure drops across the SPS-A against steam mass 

flow rate, both divided by average PE1207 pressure, for pure 

steam tests in 1st, 2nd and 3rd campaign 

 

In the pure steam tests with SPS-B, 4 tests (at lower water 

pool temperatures) showed significant steam jet instabilities 

(oscillations), which could be associated to condensate-induced 

water hammer occurrence (CIWH). These 4 tests are not 

plotted above due to the quite low ΔP values across the sparger. 

The other SPS-B tests with suitable pressure difference are 

shown in Figure 14, where the dotted lines represent the 

dispersion bands of Figure 13. Figure 14 confirms that both 

data points of SPS-A and SPS-B tests could be approximated 

by the depicted dispersion bands, except for tests in which: 1) 

CIWH could be occurred and 2) low-pressure difference across 

the sparger was measured. 
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Figure 14 Pressure drops across the SPS-B against steam mass 

flow rate, both divided by average PE1207 pressure, for the 

selected SPS-B tests, 4th campaign, with ± 15% pure steam 

trend lines of SPS-A 

 

5.3 Condensation efficiency 

The average condensation efficiency was computed for the 

whole test matrix (174 tests), composed of 4 experimental 

campaigns: 148 tests in the 1st, 2nd and 3rd campaign with SPS-

A and 26 tests in the 4th campaign with SPS-B. In Figure 15 the 

Condensation Efficiency as function of steam mass flux per 

average PE1207 water pool pressure (G/P) is shown. It is 

possible to observe that for G/P lower than about 0.8 the lower 

bound is represented by a line with a slope of about 9 % (kg/(s 

m2 kPa)). At G/P higher than about 0.8, the condensation 

efficiency is about 99.5 ±0.4%. The tests with SPS-B showed 

an efficiency of about 99.8%. The green point (1.157, 98.15) 

having a lower efficiency value is a particular and unique test, 

representing a fast (about 60 s) transient of steam mass flow 

rate from 0 to about 400 g/s, this peculiar feature justifies the 

discrepancy shown. 

In addition, the lower point (blue one at 0.0190,92.52) is 

related to a test carried out at low pressure and high 

temperature, resembling a limit case for the defined algorithm 

of condensation efficiency. It is also worthy to mention that at 

this temperature value the data in literature, at ambient 

pressure, show no apparent condensation. Instead, in vacuum 

conditions an efficiency of about 92% was measured. The 

occurring condensation is due to the water sub-cooling 

guaranteed by the water head above the sparger holes. 
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Figure 15 Condensation efficiency plotted against steam 

mass flux per average PE1207 pressure, for the entire test 

matrix carried out with both SPS-A and SPS-B 

 

6 CONCLUSION  
 

An overall number of 174 tests were carried out for 

studying steam DCC at sub-atmospheric conditions in the 

LSTF, relevant for a single Vapour Suppression Tank (VST) of 

ITER VVPSS. 

The condensation maps of the entire test matrix, composed 

of four experimental campaigns, were presented for pure steam 

steady and transient state and for steam + NCG. The measured 

average water pool temperatures were plotted as function of the 

steam mass flux per water pool pressure in front of the sparger. 

The maps allow to evaluate the condensation regimes of each 

test. 

The measured pressure drops across the sparger holes 

allowed to define a significant relation between pressure drops 

across sparger divided by pool pressure and steam mass flow 

rate divided by pool pressure for SPS-A tests, showing trend 

lines with residual equal to 0.92 and 0.95 for pure steam and 
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steam + NCG tests. A lower residual was achieved for transient 

tests (0.52), in which the averaged parameters adopted are an 

approximation implying higher uncertainty. Analogous analysis 

performed on the tests of SPS-B provided coherent results to 

the trend line of pure steam tests in SPS-A. The only exception 

is constituted by 4 SPS-B tests in which condensate-induced 

water hammer could be occurred and the instability of the 

steam injection entails lower averaged pressure drops. 

The evaluation of the condensation efficiency was carried 

out for the whole test matrix. It was found a significant relation 

with the steam mass flux divided by water pool pressure in 

front of the sparger (G/P). Based on which, at G/P values lower 

then about 0.8 the condensation efficiency could decrease to 

about 92% and above 0.8 a higher value of about 99.4 % is 

measured. 

The overall performed pure steam, steam + NCG and 

transient tests showed therefore a significant coherence in terms 

of pressure drops across the sparger and condensation 

efficiency, notwithstanding the relevant difference of 

condensation scenarios and boundary conditions investigated.  

The only exception is constituted of four tests carried out 

with SPS-B in which it was assumed possible the occurrence of 

condensate-induced water hammer, for which further 

investigation is suggested. 
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ABSTRACT 
Many international programs and experiments were 

conducted to investigate the phenomenon of hydrogen 

generation during severe accidents such as QUENCH program. 

QUENCH-20 test was conducted as the latest test to investigate 

the hydrogen production phenomenon, relocation of damaged 

fuel rods, and boron carbide (B4C) reactions in BWR.  

This paper presents the LEI QUENCH tests modelling 

experience and based on gained experience development of 

numerical model for QUENCH-20 test using severe accident 

code RELAP/SCDAPSIM. Numerical analysis was provided 

using mod3.4 and mod3.6 code versions. The preliminary 

calculation results of the first attempt are presented for total 

hydrogen generation and cladding temperatures. The performed 

modelling using RELAP/SCDAPSIM code results 

demonstrated the advantages of mod3.6 code version, 

comparing to the mod3.4 version. However, the modelling of a 

BWR control blades still remains challenging.  

INTRODUCTION 
During an accident in a nuclear power plant, even after 

stopping the chain reaction in the nuclear reactor, it is very 

important to ensure adequate cooling of the reactor core. The 

reactor core consists of nuclear fuel assemblies assembled from 

fuel rods and control rods which are different for PWRs and 

BWRs. Due to the release of residual heat in the nuclear fuel 

assemblies, the failure of the main emergency cooling systems 

can lead to a severe accident with severe damage or melting of 

the nuclear fuel rods. The consequences of such an accident can 

be as severe as those at the Chernobyl or Fukushima NPPs. To 

avoid such consequences, cooling the core by flooding it with 

water is necessary. However, when the water cools the 

overheated fuel rods, the supplied water causes an intense 

exothermic oxidation reaction of the fuel cladding made from 

zirconium alloy. This leads to the release of fission products 

from the fuel rods into the environment and the hydrogen gas 

generated as a product of the steam – zirconium oxidation 

reaction. 

The occurrence of the last severe accident in Fukushima 

Daiichi NPP increases the need for the review of safety 

regulation in Nuclear Power Plants (NPP), especially for the 

development of Severe Accident Management (SAMG) 

guidelines. Usually the computer codes, developed for the 

severe accident analysis (such as ASTEC, RELAP/SCDAPSIM 

and others), are used for the SAMG preparation. However, the 

validation of computer codes for all severe accident phenomena 

should be performed in advance. In this paper the LEI 

experience in validation of quenching of overheated nuclear 

fuel assembly phenomena is presented. Such phenomenon was 

selected, because the most important accident management 

measure during a severe accident is the injection of water to 

cool down the reactor core.  

Hence, many international experimental programs and 

experiments were conducted such as CORA, QUENCH, etc. 

The QUENCH experimental facility is located at the 

Forschungszentrum Karlsruhe (Karlsruhe Research Center). 

Schematic view of the facility is presented in Figure 1. The 

focus of the QUENCH program is the investigation of typical 

light water reactors fuel assembly response during the flooding 

of the uncovered core with cold water [1]. According to such 

conditions, the oxidation of heated fuel simulators in a steam 

atmosphere causes the phenomenon of hydrogen generation. As 

hydrogen is considered a flammable gas, its rapid increase 

could lead to an explosion.  
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Figure 1 QUENCH test facility 

 

Scientists of LEI have experience in modelling different 

QUENCH tests using severe accident computer codes ASTEC 

and RELAP/SCDAPSIM:  

• Modelled QUENCH-03 and 06 tests [2, 3]. These tests 

are related to the PWR fuel bundle with the oxidation 

phase in the water steam ambient. This situation 

corresponds to the severe accident conditions in the 

reactor core.  

• Modelled QUENCH-10 and 18 tests [6, 7, 8, 9]. The 

specific of these tests is the air ingress before the 

quenching phase. This corresponds to the severe 

accident conditions in the reactor core when the reactor 

cavity is not intact, or the processes in the spent fuel 

pools during loss of coolant. 

QUENCH-20 test [4, 5] was conducted as the latest test to 

investigate the hydrogen production phenomenon, relocation of 

damaged fuel rods, and boron carbide (B4C) reactions in BWR. 

The QUENCH-20 test was equipped with a quarter of the fuel 

bundle SEVA-96 Optima-2 including the absorber blades part 

and fuel and water channel boxes to study their oxidations and 

degradation under the quenching conditions. 

In this article the experience gained from the previous 

modelled QUENCH tests is used for the development of the 

numerical model for the QUENCH-20 test.  

 

Comparison of QUENCH-06 and QUENCH-20 tests 
Based on the QUENCH matrix [1] some similarities could 

be found between QUENCH-06 and QUENCH-20 tests 

(Table1), specifically for the boundary conditions, power 

distribution, and operational test phases.  

 

Table 1 similarities of QUENCH-06 and QUENCH-20 tests. 
 

QUENCH-06 QUENCH-20 
Steam flow rate (g/s) 3 g/s 3 g/s 

Argon flow rate (g/s) 3 g/s 3 g/s 

Water injection (g/s) 40 g/s 50 g/s 

Peak Power kW 18.2 kW 18.2 kW 

Test phases Pre-oxidation, 

Transient, 

Quenching 

Pre-oxidation, 

Transient, 

Quenching 

 

However, despite similarities in QUENCH-6 and 

QUENCH-20, these tests have significant difference – test 

bundle. The QUENCH-06 test bundle was constructed to 

investigate processes in PWR type reactors. Bundle consists of 

20 heated rods, 1 unheated central rod (which is used for the 

measurement’s devices and sensors or as a control rod) and four 

corner rods (Figure 2). All 20 fuel rod simulators have a total 

length of ~2.5 m, and the electrically heated length is about 1 m 

length.  

 

 
Figure 2 QUENCH-06 test bundle 

 
Figure 3 QUENCH-20 test bundle 
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The QUENCH-20 test bundle is quarter of the SEVA-96 

Optima-2 BWR fuel bundle (Figure ). It consists of 25 fuel 

rods simulators, water channel box, fuel channel box, absorber 

blades filled with B4C pins, power supply, electrical tungsten 

heaters, water, and steam supply systems. The rod cladding was 

identical to light water reactors fuel rods` cladding material 

(Zricaloy-4). 24 heated fuel rods simulators up to 1.024 m in 

length and one unheated rod located in the corner of the bundle. 

The QUENCH-20 test consists of 3 operational phases 

(Figure 4), which represent the calculation domain of the test 

analysis [4]: 

• The pre-oxidation phase is the first operational phase 

that occurs when the temperature was kept constant up 

to the time at which the maximum oxide layer reached 

the experiment designed value.  

• The transient phase is the second operational phase that 

occurs when the temperature increased up to the 

experiment-designed value for the onset of the 

quenching phase.  

• Quenching phase is the last operational phase that 

occurs when the steam supply was stopped and water 

was added, simulating the reflood.  

 

 
Figure 4 QUENCH-20 power and flow distributions 

 

The consequences of reflooding, oxidation and hydrogen 

generation are more severe in the Boling Water Reactors than in 

Pressurized Water Reactors. The higher concentration of 

zirconium and stainless steel in the core of BWR compared 

with the PWRs increases the probability of producing a bigger 

amount of hydrogen and higher energy release rate in case of a 

severe accident scenario. In addition, it is necessary to evaluate 

the oxidation of boron carbide and its reactions, that is also a 

source of hydrogen generation, energy release, and melting 

relocations. 

 

 

QUENCH-20 MODEL DEVELOPMENT  
A new numerical model has been developed for QUENCH-

20 test using severe accident code RELAP/SCDAPSIM. This 

computer code is an integral severe accident code designed to 

make a simulation for the overall reactor coolant system 

thermal-hydraulic response and core behaviour under normal 

operating conditions or under design basis or severe accident 

conditions. The RELAP/SCDAPSIM [10, 11] code includes 

two different parts.  

1. The RELAP part, which is used to perform the 

calculations of the overall reactor coolant system 

thermal-hydraulic response (temperatures, pressure 

distribution, etc.), control system behaviour (changing of 

the operating power settings, etc.), reactor kinetics, and 

the behaviour of special reactor system components such 

as valves and pumps.  

2. The SCDAP part, which is used to perform the 

calculation of the core behaviour and vessel structures 

under normal and severe accident conditions. The 

SCDAP part also includes models to simulate the later 

stages of severe accidents. These SCDAP models are 

invoked automatically by the code. 

 

The development of the QUENCH-20 model is based on 

LEI experience on modelling QUENCH-03, 06 [2, 3], 10 [6, 7] 

& 18 [8, 9] using RELAP/SCDAPSIM.  

Figure 5 shows the general RELAP/SCDAPSIM 

nodalization scheme which was used for modelling the 

QUENCH test facility (QUENCH-03, 06, 10 and 18 tests). The 

space between heated rods and the outer cooling loop of the 

QUENCH test facility was modelled using RELAP 

components: pipe, time-dependent volumes and junctions, 

single junctions, and branches. In addition, a time-dependent 

volume for the air ingression was connected to branch 007 in 

the case of QUENCH-10 and 18 tests [8, 9]. The electrically-

heated rod simulators and surrounded shroud were modelled 

using SCDAP components (FUEL, CORA, and SHROUD), 

which were in total 5 components.  

 

 

Figure 5 Nodalization scheme of QUENCH-06 test 

 

As it was mentioned, QUENCH-06 and QUENCH-20 have 

similarities in boundary conditions, power distribution, and 

operational test phases. Thus, for the first attempt, it was 

decided to use the model developed for QUENCH-6 with some 

adaptations for QUENCH-20 test bundle.  
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RELAP part of the model was left almost without the 

modifications, only component 010 was modified according to 

the bundle geometry of QUENCH-20 test (Figure 6). 

For the SCDAP part the structure was kept as for 

QUENCH-06, only updating geometrical data according bundle 

specifics. 5 SCDAP components (Figure 7) were used: 

• Component 1: CORA component (1 heated fuel rod 

simulator). 

• Component 2: CORA component (9 heated fuel rod 

simulators). 

• Component 3: CORA component (14 heated fuel rod 

simulators). 

• Component 4: FUEL component (corner rod). 

• Component 5: SHROUD component (shroud with 

isolation). 

 

Figure 6 Nodalization scheme of QUENCH-20 test 

 

 

Figure 7 QUENCH-20 test bundle geometry 

 
PRELIMINARY RESULTS FOR MODELLING 

QUENCH-20 TEST 

 
The QUENCH-20 test was modelled using two different 

RELAP/SCDAPSIM code versions 3.4 and 3.6. The new 

version RELAP/SCDAPSIM 3.6 has many improvements and 

models in the SCDAP part. The new modelling options for 

SCDAP part are [14, 15, 16]:  

• improvements of fuel gap conductance model; 

• improvements in the model of the electrically heated rod 

simulator; 

• shroud model improvements. 

• models to treat the influence of air ingression. 

There are some modifications, which have been added to 

the electrically heated fuel rod simulator model and applied to 

the new version RELAP/SCDAPSIM 3.6 [14, 15, 16]: 

• improvements and consideration of inner gap between 

annular pellet and heater; 

• improved an option to use the measurement of total 

electrical resistance; 

• the ability to do setting for a different constant resistance 

value at each node. 

Four different cases were performed using 

RELAP/SCDAPSIM code versions 3.4 and 3.6, to investigate 

the calculation results of QUENCH-20 test: 

• Case1: calculations performed using 

RELAP/SCDAPSIM mod 3.4.  

• Case2: calculations performed using 

RELAP/SCDAPSIM mod 3.6. 

• Case3: calculations performed using 

RELAP/SCDAPSIM mod 3.6. In addition to the 

Cathcart-Pawel oxidation model, the Urbanic-Heidrick 

model could be applied for modelling of the oxidation 

in steam environment. The last model (which is 

optional) gives better understanding of the cladding 

degradation process [17].  

• Case4: calculations performed using 

RELAP/SCDAPSIM Mode 3.6, with activated 

improvements which allows to consider the inner gap 

between annular pellet and heater, use measurement of 

total electrical resistance, and to have the ability to do 

setting for a different constant resistance value at each 

node. [15] 

The calculation results for total hydrogen generation 

(Figure 8) showed high oxidation and high amounts of 

hydrogen generation for Case1, Case2, and Case4 compared 

with the experimental data. As seen from Figure 8, the 

calculation results of the amount of produced hydrogen in 

Cases 1, 2 and 4 are more than 2 times higher compared to the 

experiment (0.0575 kg). However, Case3 showed a very small 

amount of hydrogen compared with experimental data - less 

than 2 times than the experimental measurements.  

Figure 9 presents the cladding temperature of the four 

cases at 950 mm elevation with the experimental data. As 

shown in Figure 9, Case1, Case2, and Case3 have slightly 

lower temperature values compared with the experimental data 

measurements. The calculated cladding temperature values in 

Case4 are slightly higher than the experimental data during 

peroxidation and transient phases. During the quenching phase, 

the cladding temperature at 950mm for Case4 is significantly 

higher than the experimental measurements.  

The most specific for QUENCH-20 test with BWR fuel 

assembly is the existence of absorber blades (B4C), thus it is 
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needed to consider in the modelling. RELAP/SCDAPSIM have 

a special BWR Control Blade/Channel Box Component which 

could be used for the modelling of QUENCH-20 test. 
According to the developers a new model of B4C model is 

developed, that allows to select Ag-In-Cd or B4C. However, in 

this work this model was not tested, because in the current code 

version this model is not activated. Other option is to use 

second shroud component as stainless steel, but in that case the 

B4C material properties will be not considered.  

 
 

 

 

Figure 9 cladding temperature at 950mm 

 
Second nodalization scheme was developed to check these 

cases (Figure10). 

• Case5: control blades were modelled as BWR Control 

Blade/Channel Box component.  

• Case6: control blades were modelled as shroud 

component. The shroud material is stainless steel.  

Figure 11 shows the total hydrogen generation for Case5 

and Case6. In case “modelling control blades as BWR control 

blades/channel box component”, the calculated amount of 

hydrogen has lower values (0.033kg) compared with the 

measured values (0.057 kg). Analogously, Figure 12 shows  

low values of cladding temperature at 950 mm elevation for 

Case5 compared with experimental data measurements, 

however, Case 5 has a good agreement with the experimental 

data measurements. For Case6 the total hydrogen generation is 

in a good agreement with experimental data until quenching 

phase. Case 6 calculation results shows ~2 times higher 

calculated values, compared with the experimental data 

measurements (Figure 11). Also, Figure 12 showed that the 

cladding temperature at 950 mm for Case6 is in good 

agreement with experimental data comparing the Case5.   
 

  
Figure 10 New nodalization scheme  

 
Figure 11 Total hydrogen generation.  

 
Figure 12 Cladding temperature at 950 mm elevation (first 

approach) 
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CONCLUSION 
The geometrical arrangement of QUENCH-20 bundle test 

section is very challenging for modelling for these reasons: 

• Severe accident codes (RELAP/SCDAPSIM, ASTEC, 

MELCOR, AC2, ect…) use a modelling approach based 

on concentric rings to simulate fuel.  

• Challenge in modelling control blades and B4C reactions 

with steam.  

• Possible large uncertainties in calculation results. 

The LEI modelling experience of QUENCH tests was 

used for the development of new numerical model for 

QUENCH-20 test. It was found from QUENCH matrix that 

there are similarities in boundary conditions, power 

distribution, test phases between QUENCH-06 and QUENCH-

20. According to these similarities it was decided to use the 

same nodalisation scheme as QUENCH-06 test with modifying 

the test bundle according to QUECH-20 bundle geometry. As a 

first attempt, calculations of four different cases were 

performed using RELAP/SCDAPSIM versions mod3.4 and 

mod3.6. The best agreement with experimental measurements 

was received, when RELAP/SCDAPSIM Mode 3.6 was used 

with activated improvements allowing to consider the inner gap 

between annular pellet and heater and considering a different 

constant resistance value at each node. As B4C modelling is 

very challenging, two different Cases were made: in first case 

the control blades were modelled as BWR Control 

Blade/Channel Box component, while in second - these control 

blades were modelled as shroud component. The calculations 

were performed using RELAP/SCDAPSIM mod3.6. First case 

gave lower values of hydrogen generation (~0.033kg), 

however, second gave 2 times higher values compared with 

experimental data (~0.15kg). Also, for the cladding temperature 

at 950 mm elevation, the calculation result of second case is in 

a better agreement with the experimental data then the first 

case.  

Thus, the performed first modelling using 

RELAP/SCDAPSIM code results demonstrated the advantages 

of mod3.6, comparing to the mod3.4 version. However, the 

modelling of a BWR control blades still remains challenging. 

This work will be continued in future.  
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ABSTRACT
Several numerical models have been developed for simulat-

ing Pulsating Heat Pipes (PHP) in the past. Compared to multi-
dimensional models, the one-dimensional approach requires in-
comparably fewer computational resources and is nevertheless
capable of reproducing major physical phenomena in PHP. It is
thus considered to be the most pragmatic method for PHP mod-
eling. Since the evaporation and condensation over thin liquid
films in the fluid channel is the principal energy transfer mecha-
nism for this device, a physically correct PHP model must ade-
quately represent the film behavior. In this presentation, a novel
liquid film model, called hereafter the Oscillating Film Thickness
(OFT) model, is developed. On the one hand, the OFT model is
based on the physical analysis of the film dynamics in capillary
tubes, and on the other, it is computationally efficient. Unlike
some previous models, the liquid film thickness is not imposed as
a preset input value but is calculated self-consistently. Two key
phenomena related to the liquid films are emphasized: (1) the
film deposition by receding liquid plugs from dry areas, which is
a function of the receding speed; (2) the ensuing temporal evo-
lution due to the contact line receding and the mass exchange
over the films. The contact line recedes because of the dewet-
ting, which is accelerated by evaporation. To evaluate the OFT
model, it is employed here to simulate the PHP of the simplest
geometry (single branch PHP), for which detailed experimental
data is available. The numerical results are found to be in a good
quantitative agreement with the experiment.

INTRODUCTION
Invented in the 1990s [1], the pulsating heat pipe (PHP) has

become one of the most promising alternatives to conventional
heat pipes. Neither porous structure nor gravitational force is
necessary for the PHP functioning. Conceptually, a PHP is a fluid
channel that meanders between the heated sections (referred to as
evaporators) and the cooled sections (referred to as condensers).
Optional adiabatic sections may separate the evaporators from
the condensers, see Fig. 1. This fluid channel is a capillary; when
partially charged with a working fluid, a sequence of vapor bub-
bles and liquid plugs forms inside. A branch in PHP is defined
as a segment connecting the U-bends in the evaporator and in the
condenser.

Given the proper temperature difference between the evapora-

NOMENCLATURE

Ca [–] Capillary number
d [m] Diameter
h [m] Liquid film thickness
J [kg/(m2 s)] Mass evaporation flux
L [m] Length
L [J/kg] Latent heat
k [W/(mK)] Thermal conductivity
Rv [J/(kgK)] Specific vapor constant
Ri [m2 K/W] Interfacial thermal resistance
S [m2] Cross section area
T [K] Temperature
p [Pa] Pressure
m [kg] Mass
U [W/(m2 K)] Heat transfer coefficient
u [m/s] Fluid velocity
V [m3] Volume
x [m] Tube axis direction

Greek symbols
γ [–] Film shape factor
δ [m] Effective liquid film thickness
µ [Pa s] Liquid shear viscosity
θ [rad] Contact angle
ρ [kg/m3] Density
σ [N/m] Liquid surface tenstion

Subscripts
a adiabatic section
c condenser
d dewetting
cl contact line
dep deposition
e evaporator
f film
l liquid
m meniscus
micro microscopic
r reservoir
sat saturation
t total length
v vapor
w internal tube wall

tor and the condenser, the liquid evaporation and recondensation
are capable of engendering self-sustained oscillation of the liquid
plugs. A thin liquid film (typical thickness∼ 50 µm) is deposited
on the channel walls when a plug recedes from the dry area. The
latent heat transfer through the films is the principal energy trans-
fer mechanism [2]. The high heat transfer capacity of the PHP is
its significant advantage.

Since empirical correlations have failed to describe these non-
stationary devices, a thermo-hydrodynamic model is necessary
for PHP designing. Several numerical models for PHP simu-
lation are described in the literature [2]. The multidimensional
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evaporator condenseradiabatic 
section

Figure 1: Schematic of a closed loop PHP with 10 branches.

flow models require substantial computer resources and are gen-
erally unsuitable for PHP designing. Therefore, we propose a
one-dimensional (1D) liquid film model, which on the one hand,
it is based on solid physical background, and on the other, is
computationally efficient. Previously, several PHP film models
have been proposed. A minimal complexity, “film evaporation-
condensation” (FEC) model [3] is capable to describe the dry
spots. It is based on the lumped meniscus geometry (Fig. 1),
where the films of constant thickness but variable length were
considered. The film thickness is an imposed constant which is
an essential limitation of this approach. In the wedge film evapo-
ration model [4, 5], the film is assumed continuous. It is meshed
according to the solid wall mesh. After deposition, the film thick-
ness varies due to local evaporation/condensation. A minimum
thickness δmin was imposed and is one of major phenomenolog-
ical parameters as it controls the evaporation rate. Senjaya and
Inoue [6] introduced the 1D modeling of a flow along the film.
With some minor modifications, this model was more recently
implemented by Bae et al. [7] and Noh and Kim [8]. The liq-
uid pressure distribution along the film is coupled to the pressure
distribution in the vapor phase. Consequently, the required com-
puter resources are much larger than for the FEC model. In ad-
dition, the liquid film meshing is far from being fine enough to
capture the essential physics for the film deposition and dynam-
ics [9].

Two key phenomena should be implemented in a physically
correct way in a viable film model for the PHP: (i) the film de-
position by receding liquid plugs with the ensuing contact line
dynamics and (ii) the film thickness variation. To evaluate the
present model, called hereafter the Oscillating Film Thickness
(OFT) model, it is necessary to begin its evaluation with the sim-
plest PHP configuration, the single branch PHP, for which de-
tailed experimental data (like contact line dynamics) are avail-
able.

MODEL FORMULATION
The single branch PHP is schematically shown in Fig. 2b. It

consists of a capillary tube, an evaporator (length Le), a con-
denser (Lc) and an adiabatic section (La). One end of the tube is
sealed while the other end is open and is immersed into a reser-
voir of constant pressure pr. Lr denotes the length of the tube
from the condenser to the open end. In many experimental se-
tups, additional dead space between the sealed end and the evap-

vapor

ev
ap

or
at

or
co

nd
en

se
r

𝑥𝑥cl

𝑥𝑥m

𝑥𝑥

liquid

𝛿𝛿(𝑡𝑡)

𝑑𝑑

𝐿𝐿e

𝐿𝐿a

𝐿𝐿c

𝑝𝑝v(𝑇𝑇v)

𝑑𝑑f

ad
ia

ba
tic

 se
ct

io
n

𝐿𝐿t

0 𝐿𝐿d

𝑇𝑇c

𝑇𝑇e

𝑝𝑝r

meniscus

reservoir

𝐿𝐿r

contact 
line

liquid 
film𝛿𝛿(

𝑥𝑥,
𝑡𝑡)

(a)

(b)

Figure 2: Curved vapor-liquid interface in fluid channel (a) and
lumped-geometry approach of flat interface for single branch
PHP (b).

orator is required for pressure and temperature sensors, where the
vapor remains stagnant. This space is represented by an equiva-
lent length Ld. The actual curved liquid-vapor interface (Fig. 2a)
is simplified by the lumped approximation, in which the liquid
film is flat and its effective thickness δ(t) is spatially uniform but
varies with time.

One can distinguish the following regions of the interface that
separates a liquid plug from the vapor: the contact line vicinity,
the thin liquid film, and the meniscus. In the contact line vicinity,
typically of micrometric length, the physical phenomena such as
the contact line receding and the liquid evaporation remain local
and are independent of the rest of the interface. The positions of
the contact line and the meniscus are denoted xcl and xm, respec-
tively.

The main assumptions concerning the analysis are summa-
rized as follows:

1. One-dimensional plug/slug flow in the tube;
2. Lumped-parameter approach is employed: spatially dis-

tributed behavior of physical parameters such as velocity,
pressure, and film thickness are neglected;

3. Vapor bulk obeys the ideal gas law; the temperature of the
free interface is the saturation temperature corresponding to
the vapor pressure so there is a thin thermal boundary layer
existing near its surface;

4. Free contact lines recede, conforming to the physics of the
dewetting phenomenon.

Liquid plug
Liquid plug is assumed to be incompressible and of constant

density. The momentum equation reads [3]
d
dt

[(ml +ml,i)ul] = (pv− pr)S−Ff +mlg, (1)
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where the liquid plug mass is ml = ρl(Lt−xm +Lr)S, S = πd2/4
and Lt = Le+La+Lc. ul is the plug velocity, which is positive for
the plug moving downwards. A portion of liquid in the reservoir
(the region enclosed by the dashed line in Fig. 2b) participates in
the oscillating motion. It is designated by an equivalent length
Li. The corresponding mass ml,i = ρlLiS impacts the oscillation
period, which is adjusted to agree with the experiment [3].

On the right-hand side of Eq. (1), the first term represents the
pressure difference between the vapor and the liquid reservoir.
The second term is the viscous friction, which consists of two
parts: regular and singular friction forces, whose signs are coun-
teracting to the plug velocity: negative for the plug falling down-
ward and positive for the plug rising upward,

Ff = [Kπd(Lt− xm +Lr +Lf)+bS]
ρlu2

l
2

sign(ul). (2)

The viscous friction is calculated by the first term on the right
hand side of Eq. (2), in which K is the Fanning friction factor
calculated as [3]

K =


0, if Rel = 0 (3a)
16/Rel, if 0 < Rel < 2100, (3b)
0.0791Re−0.25

l , otherwise . (3c)

where the second line is for laminar flow and the last line is the
turbulent Blasius correlation applicable for Rel ≤ 105. In this de-
scription, the viscous friction is assumed to be equal to that of a
fully developed flow in tubes. However, Eq. (3) can underesti-
mate the liquid pressure loss in PHP, because the liquid plugs are
of finite length. The vortices thus form near the menisci, which
leads to the increase of dissipation [2]. To compensate this ef-
fect, an additional length Lf is introduced to the friction force,
whose value is tuned to chord with the experimental observation,
mainly for the meniscus oscillation amplitude.

Near the outlet of the tube in the reservoir, a sudden change of
the flow cross-section exerts the singular pressure loss, which is
calculated as

b =

{
0.5, if ul > 0 (4a)
0.25, if ul ≤ 0. (4b)

The meniscus is assumed to have the same velocity

um = ul (5)

as the liquid plug.

Vapor phase
Vapor phase in the single branch PHP model is described by

its temperature Tv and pressure pv, hence any spatial distribution
is neglected.

Previous studies [2] have demonstrated that the vapor in the
single branch PHP is mostly at superheated state, therefore, the
vapor behavior can be well approximated by the ideal gas law:

pv =
mvRTv

Vv
, (6)

where mv and Vv is the mass and the volume of vapor respec-
tively. Equation (6) provides the elastic response for oscillation,

which acts as the restoring force in vapor compression or expan-
sion.

The temperature of liquid-vapor interface is assumed to be
equal to the saturation temperature Tsat corresponding to pv,
while Tv is determined by the energy balance [10]:

mvcvṪv = ṁvRT +Uvπd
∫ xcl

0
[Tw(x)−Tv]dx− pSul (7)

On the right hand side, the second term represents the sensi-
ble heat exchange Qsens between the vapor and dry tube wall,
where Uv is the heat exchange coefficient. It is usually a small
value since Uv is proportional to the vapor heat conductivity kv.
This term is unsubstantial compared to the latent heat exchange
through the liquid film, but is important for PHP startup, where
the film is absent.

Because of the weak heat diffusion in vapor phase, a ther-
mal boundary layer exists and the bulk temperature Tv may dif-
fer from the free interface temperature Tsat, which is normally
several degrees lower than Tv as observed experimentally [2].

Liquid film
Two key processes are related to the liquid film behavior in

PHP: the film deposition by the receding liquid plug and the evo-
lution, of both the film length and thickness.

The liquid film deposition rate ṁdep is expressed as

ṁdep =


0, xcl = xm and um ≤ ucl, (8a)
Sfumρl, xcl < xm and um < 0, (8b)
πδdep(d−δdep)umρl, otherwise. (8c)

This equation may also be regarded as the mass exchange be-
tween the liquid film and the plug.

Condition (8a) corresponds to the situation where the contact
line coincides with the meniscus. This occurs when the meniscus
advances over the dry tube (um < 0), or the meniscus recedes
(um > 0) slower than the contact line would recede if the film
was deposited. Hence, no film appears. In general, um is large
enough so a receding plug without film deposition rarely occurs
in PHP.

Condition (8b) corresponds to the situation where the menis-
cus advances over an existing film (xcl < xm); the plug swallows
the film, where Sf = πδ(d− δ) is the film cross-section. Since
um < 0, ṁdep is negative in this case.

Condition (8c) describes two other possible scenarios: (i)
xcl = xm and ucl < um (complementary to the clause (8b)): the
contact line coincides with the meniscus and the meniscus re-
cedes faster than the contact line. Hence, a new film is about to
be deposited. (ii) xcl < xm and um ≥ 0 (complementary to the
clause (8a)); the liquid film exists and more liquid is deposited.
δdep is the initial film thickness deposited by the receding plug,
which is a function of um [11],

δdep =
0.67dCa2/3

m

1+3.35Ca2/3
m

, (9)

where Cam = µum/σ is the meniscus capillary number.
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Figure 3: Dewetting capillary number Cad = µud/σ and apparent
contact angle θ as functions of ∆Tcl for FC72 and θmicro = 5◦.

The film length varies because of the meniscus oscillation and
the contact line receding. Because of the capillary action, the
contact line recedes spontaneously after the liquid film deposi-
tion, which is a local phenomenon that is controlled by the local
parameters, such as the contact angle and the wall superheat-
ing ∆Tcl at the contact line position. One may make an analogy
between the contact line dynamics in PHPs to the dewetting of
liquid film [12]. In the absence of mass exchange, the reced-
ing speed is determined by the microscopic contact angle θmicro,
which is the interfacial slope at the contact line that exists on the
nanometric length scale and defines the wetting properties [13].
In the case where the contact line is located in the evaporator,
∆Tcl > 0, and the dewetting is accelerated [14]. This is confirmed
experimentally [15]. It is possible to establish a correlation be-
tween the dewetting speed, ∆Tcl, and θmicro: ud = f (∆Tcl,θmicro).
The red curve in Fig. 3 illustrates ud for FC72 and θmicro=5◦.

Because of the evaporation and the contact line motion, the
interface near the contact line is curved. The apparent contact
angle θ, which is an interface slope at the contact line observable
experimentally at the macroscopic (typically, millimetric) length
scale, differs from θmicro [16]. Its dependence on ∆Tcl is shown
as the blue dotted curve in Fig. 3 for FC72 and θmicro=5◦ (see
more details in [14]).

Therefore, the contact line dynamics in the OFT model is de-
scribed as

ucl =

{
um if xm = xcl and um ≤ εud, (10a)
ud otherwise. (10b)

The first line is written for two situations: (i) menisci advancing
over dry tube um < 0; (ii) the dynamic wetting transition, where
the liquid film is deposited after um exceeds a threshold value
εud [17]. ε≥ 1, and ε decreases with θ [18]. At the onset of the
transition, once the film is deposited, ucl suddenly drops to ud.

The liquid film mass is

mf = Sf(xm− xcl)ρl, (11)

from which one deduces the effective film thickness δ,

δ =
d
2
−

√
d2

4
− mf

πρl(xm− xcl)
. (12)

The liquid film mass changes due to the film deposition and
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Figure 4: Jcl calculation.

its evaporation/condensation:

ṁf = ṁdep− ṁv, (13)

where ṁv is the vapor mass growth rate, calculated with Eq. (15)
below.

Consider the starting moment of the film deposition where
um = εud and ucl = ud. Since the film length is small, ṁv con-
tribution to ṁf is negligible, so ṁf ' ṁdep according to Eq. (8c).
Under the assumption δ0 � d, one finds from this equality that
δ0, the effective film thickness at this instant, is different from
δdep:

δ0 '
ε

ε−1
δdep. (14)

This occurs because ucl 6= 0. The choice of ε affects the very
initial stage of film evolution and does not have a notable impact
on the overall heat exchange. However, without the ucl jump
account (i.e. assuming ε = 1), δ0 would be infinite according to
(14). In the calculation below, ε = 2 is adopted.

Mass exchange
The mass exchange by evaporation and condensation occurs at

the vapor-liquid interface. The contact line microscopic vicinity
is subjected to high local heat fluxes [2, 16] described by the flux
Jcl. The flat film part contribution is Jf so

ṁv = Jf + Jcl. (15)

Since the free interface temperature is assumed to be Tsat, the
mass exchange is characterized by the temperature difference
Tw(x)−Tsat and the average thickness δ. The contribution from
the liquid film is

Jf =Uf
πdf

L

∫ xm

xcl

[Tw(x)−Tsat]dx (16)

where Uf = γk/δ is the film heat exchange coefficient. To account
for the actual non-flat film shape [9], a correction factor γ needs
to be introduced. In our calculation, γ is tunable to conform to
the experiment, γ≈ 1.5.

The contact line contribution Jcl is generally much smaller
than Jf and is thus negligible for the description of the stable
PHP functioning. However, it is important for the PHP startup,
where the film is absent and the meniscus can be assumed cir-
cular, with the shape h(x) defined by the apparent contact angle
θ, see Fig. 4. Since the local evaporation flux varying along the
liquid meniscus strongly decreases from the contact line, one can
include into Jcl the evaporation from the whole meniscus. As the
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liquid thickness decreases to zero at the contact line, the mass
flux ∼ h−1 becomes singular and microscopic-scale effects [16]
need to be accounted for to relax the singularity. It appears that
the interfacial thermal resistance Ri alone provides a good flux
estimation ∼ (Rik+h)−1 that relaxes the singularity with

Ri =
Tsat
√

2πRvTsat(ρl−ρv)

2L2ρlρv
. (17)

The length Rik ∼ 5nm can be deemed as an additional layer
of liquid. One then obtains

Jcl =
πk
L

∫ Lm

0

∆Tcl

Rik+h(x)
[d−2h(x)]dx, (18)

where Lm = d(1− sinθ)/(2cosθ) is the length along x from the
contact line to the meniscus center. The substitution of the circu-
lar profile h(x) reformulates Eq. (18) into

Jcl =
πk∆Tcld

L

∫
π/2

θ

cos2 φ

2Rik/d +1− cosφ/cosθ
dφ, (19)

which does not contain any adjustable phenomenological param-
eters.

Film removal condition
A singularity appears in Eq. (12), when the meniscus ap-

proaches the contact line xm− xcl → 0. In reality, the capillary
action takes over the interface evolution, where a short liquid
film merges with the plug, and the interface rapidly restores to
a smooth meniscus [9]. To avoid this singularity appearing in
our model, a film removal condition is introduced: when the film
length |xm − xcl| < δ and um < ucl, the liquid film is removed
from the system, and its mass is reassigned to the adjacent liquid
plug. In Fig. 5b, the condition is satisfied near the end of each
period.

Boundary conditions
In the current calculations, the inner wall temperature in the

evaporator section Te and in the condenser section Tc are as-
sumed to be uniform and invariable with time. It is achievable
in many experiments where the solid heat conduction can be ef-
ficient enough to impose the constant temperature to the tube
[3, 19, 20]. In the adiabatic section, a linear transition from Te to
Tc is assumed. A set of six ordinary differential equations (1, 5, 7,
10, 13, 15) defines the single branch PHP behavior. As an analyt-
ical solution is impossible to be found, the equations are solved
numerically using the standard 4th-order Runge-Kutta method to
find the temporal evolution of the system.

EXPERIMENTAL VALIDATION
Rao et al. [19] have conducted single branch PHP experi-

ments using a vertical capillary tube and FC72 as the working
fluid. Their experiment setup is similar to that shown in Fig. 2
with a transparent glass circular capillary tube with d =2 mm.
Two heat exchangers acting as the evaporator and the condenser
provide constant temperatures (overall accuracy of ±1◦C) to the
tube. Lengths of the evaporator, the condenser and the adiabatic
section are Le =20 cm, Lc =20 cm and La =1 cm respectively.
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Figure 5: Comparison of the numerical results (dashed curves)
and the experimental data (solid curves) by Rao et al. [19] on
pv, xm and xcl (a); Le and Lc are shown with red and blue bars,
respectively. Numerical results of δ and mf, (b); Tv and Tsat, (c).

The reservoir is maintained at the constant pressure pr = 0.5 bar.
Their measurements include the vapor pressure and temperature,
and displacements of the meniscus and the contact line. In the
calculation, Li =6 cm in Eq. (1) and Lf =30 cm in Eq. (2).

In the original experiments [19], the evaporator was kept at
the constant temperature of 46◦C, whereas in their later analysis,
considering the heat conduction of the glass tube, the tempera-
ture of the inner tube wall was estimated to be lower [20]. It has
been shown [21] that in single branch PHPs, the vapor tempera-
ture oscillates around Te. Therefore, in our calculation, the vapor
temperature, which is measured in [19] approximately 44◦C, has
been taken as the correct Te value.

Figure 5a shows the temporal variations of pv, xm and xcl over
three oscillation periods. The temperatures of inner wall are Te =
44◦C and Tc = 16◦C in the evaporator and condenser sections,
respectively. The corresponding variation of liquid film thickness
is plotted in Figure 5b. Since the experimental measurement of δ

is not available, only the numerical result is plotted.
Meniscus oscillates between the evaporator and the condenser

with a period around 1.5 s, while the contact line always stays
in the evaporator. When the meniscus falls downwards, from
0.2 s to 0.6 s, a liquid film is deposited; its initial thickness is
δ0 '71 µm. The average value of δ is about 97 µm. Contact line
receding towards the liquid plug is observed, whose speed in the
calculation is in a good agreement with the experimental data.

CONCLUSION
We propose a new numerical model for the liquid film in the

PHP (oscillating film thickness model) which is based on the
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physical analysis of the film dynamics in capillary tubes. There-
fore, the new model is better than the previous film models pro-
posed for the PHP simulation. Main features in the new film
model include:

1. One dimensional model is a tradeoff between the accuracy
and computational efficiency;

2. The liquid film thickness is spatially homogeneous but time-
dependent;

3. The liquid film thickness is not imposed; it is calculated self-
consistently;

4. The model has a solid physical background and accounts for
the wetting properties impact on the PHP dynamics;

5. The film description does not contain any adjustable phe-
nomenological parameters;

6. The model is validated against experimental data.

The current calculations have been focused on the hydrody-
namic behavior of the working fluid in PHP. The thermal cou-
pling between the liquid and the solid tube should be accounted
for when extending the current model to the multi-branch PHP
simulations.
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ABSTRACT 
Thermodynamic modelling is one of the most widely employed 

approaches to predict different engine performance parameters. 

If adjusted accurately, this may be a good alternative to time 

consuming experimental trials, providing a good simulator to be 

used in other assessments such as machine learning 

methodologies. However, until the moment there has been little 

quantitative analysis about multiple parameter prediction when 

using thermodynamic models. Therefore, the present 

contribution studies the simulation of multiple engine 

performance parameters not seen simultaneously predicted until 

the moment. For that, firstly engine trials were carried out in a 

six-cylinder marine diesel engine covering operating points 

throughout the whole engine performance map. Consequently, 

the thermodynamic model was developed by adjusting engine 

physical and thermodynamic properties such as cylinder, valve 

system or turbocharger performance characteristics, using the 

well-known commercial modelling software AVL Boost. The 

combustion model was determined employing a novel approach, 

by introducing combustion pressure traces as inputs for the 

different engine operation conditions tested in real experiments. 

Then, the model was validated for multiple operating conditions 

by comparing modelled combustion pressure traces to real 

combustion pressure traces. The results show remarkably high 

accuracy levels for different predicted parameters, showing a 

mean absolute percentage error of 4.37% for the following 

parameters: exhaust gas temperature, air pressure and 

temperature in turbocharger outlet, air pressure and temperature 

in air cooler outlet and fuel consumption. The obtained results 

stand thermodynamic modelling as an appropriate alternative to 

time consuming experimental tests, only needing a few points to 

be tested in the engine to later reproduce engine performance in 

the whole performance map accurately and be potentially used 

to train other faster modelling approaches such as machine 

learning methodologies.     

INTRODUCTION 
Marine transport is the most used mean of goods transport in the 

European Union, accounting for 46% of goods traded between 

EU and the rest of the world in 2020 [1]. In this context, ship 

propulsion, as well as its maintenance play a pivotal role in the 

correct operation of the vessels. As stated by Arunraj et al. [2] 

maintenance operations have been in constant development, 

from the first corrective maintenance tasks to the preventive and 

risk-based maintenance applied today. Nowadays, preventive 

maintenance operations provide a cost-effective and safe 

solution to engine possible failures, not needing to wait for a 

certain failure to happen to carry out maintenance tasks. On this 

basis, diesel engine modelling techniques may be good 

indicators of deviations that may lead to different engine failures. 

A number of studies have thus analysed different engine 

modelling techniques in the last years [3].  

Among the different engine modelling approaches, machine 

learning has gained much popularity since these data-driven 

methods offer accurate engine parameter predictions within low 

calculation times. As stated by Mahesh et al. [4], the term 

machine learning encompasses a wide range of statistical models 

and algorithms, which can be seen in recent marine diesel engine 

modelling studies. Basurko et al. [5] predicted 15 different 

engine parameters with Artificial Neural Networks to later 

identify incipient faults based on model deviations. Noor et al. 

[6] modelled a 6-cylinder marine diesel engine predicting brake

power, BSFC, BTE, volumetric efficiency, Texh and NOx. They

concluded that Artificial Neural Networks showed better overall

modelling performance than the mathematical model. Lazakis et

al. [7] trained a Support Vector Machine model in a marine diesel

engine with healthy engine data later utilizing this model to

identify incipient faulty conditions based on real value

deviations in a marine diesel engine. These data driven

methodologies have also been used for emission prediction [8,

9], which results to be simpler than other physical models that

need to solve multiple chemical equations.  While its notable that

this kind of data-driven methodologies are fast and applicable to

diesel engine modelling, there is also the fact that they need large

amounts of datasets to offer accurate results. This means that

multiple engine trials have to be undertaken to train this kind of

models.

On the other hand, alternative modelling approaches such as

thermodynamic modelling do not need such large datasets to

provide good adjustments. In this field, many authors have used

this kind of methodology to solve engine parameter predictions.
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Traditionally, thermodynamic modelling has been assessed by 

purely theoretical approaches [10-12]. However, most recent 

studies show a clear trend towards the usage of different 

modelling software to carry out engine modelling. For instance,  

Ion et Anisor [13] simulated the performance of a single cylinder 

direct injection diesel engine by using AVL Boost to predict 

numerous performance parameters (e.g. engine torque, power, 

specific fuel consumption) as well as in-cylinder traces 

(combustion pressure, rate of heat release). Rubio et al. [14] also 

employed AVL Boost to determine the effect of some engine 

faults (e.g. turbine failure, exhaust manifold leakage) in 10 

parameters of interest such as air boost pressure or IMEP. 

Different engine modelling software have also been utilized to 

predict engine performance parameters [15, 16]. As proved by 

Castresana et al. [17], thermodynamic modelling may present the 

drawback of high calculation times if compared to machine 

learning based methods. However, it is clear that thermodynamic 

models need much less time than the time-consuming 

experimental measurements to show engine parameter 

calculations. This, along with the high number of parameters that 

may be calculated by the thermodynamic model, offers the 

possibility to replace real engine tests with a proper 

thermodynamic modelling approach.  

Thus, the aim of the present contribution is to analyse the 

capability of thermodynamic modelling to replace time 

consuming engine experiments and later be used as a potential 

source to create databases for other faster methodologies (e.g. 

ANN modelling). For that, firstly few representative engine tests 

were carried out in a six-cylinder marine diesel engine measuring 

multiple parameters with accurate sensors. Consequently, engine 

performance features such as cylinder, valve system or 

turbocharger performance characteristics were adjusted in the 

well-known commercial software AVL Boost. Engine 

combustion pressure traces measured in different performance 

conditions were introduced as inputs to the software to determine 

engine combustion model. Finally, multiple parameters were 

predicted for different engine performance conditions, 

comparing modelled values to real measured values. The 

capability to predict six different engine parameters not assesed 

until the moment in different engine conditions was finally 

discussed, analysing whether thermodynamic model can replace 

real engine tests even in variable performance conditions. 

 

NOMENCLATURE 
 

AC [-] Air Cleaner 

ANN [-] Artificial Neural Network 

AVL [-] Anstalt für Verbrennungskraft maschinen List 

BTE [-] Brake Thermal Efficiency 

BSFC [g/kWh] Brake Specific Fuel Consumption 
EU [-] European Union 

GT [-] Gross Tonage 

IMEP [bar] Indicated Mean Effective Pressure 
ISO [-] International Organization for Standardization 

MAPE [%] Mean Absolute Percentage Error 
NOx [ppm] Nitrogen Oxides 

R2 [-] Coefficient of Determination 

ROHR [J/deg] Rate of Heat Release 
TC [-] Turbocharger 

   
Special characters 

 

  

ti [-] Target value 

yi [-] Output value 

 

Subscripts 
 

  

comb  Combustion 

exh  Exhaust 
max  Maximum 

P  Pressure 

T  Temperature 
   

 

   

MATERIALS AND METHODS 
 

Experimental Setup 

Experimental trials were carried out in a YANMAR 6HYM-

WET, which is a six-cylinder medium speed marine diesel 

engine. This engine is refrigerated with sea water and has twin 

turbochargers. Its characteristics are listed in Table1. This kind 

of engines may be found in vessels with a gross tonnage around 

100 GT and 20-25 metres length.   

Table  1 YANMAR 6HYM-WET characteristics 

Parameter Value Unit 

Manufacturer YANMAR [-] 

Type of cycle 4-stroke [-] 

N cylinders 6 [-] 

Bore 132.9 mm 

Stroke 165 mm 

Compression ratio 15.18 [-] 

Nominal speed 2100 rpm 

Nominal Power 400 kW 

Air charge Turbocharged [-] 

 

Experimental tests were conducted varying engine speed and 

engine load with the hydraulic brake coupled to the engine. Thus, 

engine load was varied from 0 to 100% setting 25,50,75 and 

100% load operation conditions following  Test Type E3 in 

ISO8178 [18]. After setting each operation condition, engine 

was kept running for 20 minutes before data acquisition to ensure 

steady state of each point. Then, data was acquired for 5 minutes, 

including all parameters needed for the study. On the one hand, 

in-cylinder combustion pressure traces were acquired with a 

DEWETRON2600. This acquisition system can measure 

combustion parameters with high acquisition frequencies, 

allowing to record combustion pressure with respect to crank 

angle. On the other hand, temperature and pressure parameters 

were acquired employing a National Instruments Compact 

FieldPoint acquisition system.  Figure 1 shows the scheme of the 

experimental setup, including measured parameter ids which are 

later listed in Table2.  
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Figure  1 Engine test bench scheme 

Table  2 Data acquisition instrumentation 

ID Parameter Unit Instrument Accuracy 

1 Engine Speed rpm Kistler encoder 

2614B 

± 0.05% 

2 Piston position ° Kistler encoder 

2614B 

± 0.02°  

3 Pcomb Bar Piezoelectric 

sensor. KISTLER 

6013 CA 

< 0.06% 

4 Torque [Nm] Kistler 

4502A50RA 

< 0.07% 

5 Exhaust gas 

temperature 

[ºC] K Type 

Thermocouple 

± 4% 

6 Air pressure    

TC outlet 

[bar] Pressure 

transmitter KTP-

D-F1 

±0.25% 

7 Air temperature 

TC outlet 

[ºC] Pt100 

temperature 

sensor 

± 0.3 °C 

8 Air pressure    

AC outlet 

[bar] Pressure 

transmitter KTP-

D-F1 

±0.25% 

9 Air temperature 

AC outlet 

[ºC] Pt100 

temperature 

sensor 

± 0.3 °C 

     

10 Fuel 

consumption 

[kg/h] Instrument: 

KRAL 

OME13flow 

metre 

± 0.1% 

 

 

Thermodynamic model  

Thermodynamic model was developed in AVL BoostTM. This 

engine modelling software allows to create one-dimensional 

engine cycle and gas exchange simulations by connecting 

different elements using pipes. Hence, simulations ranging from 

small motorcycle engines to larger marine diesel engines can be 

carried out in this software [19]. Firstly, engine scheme was 

reproduced in the program, considering all existing elements in 

the real engine. Figure 2 shows the engine scheme developed for 

the YANMAR 6HYM-WET. Once all elements were included, 

connections between them were established prior to the 

introduction of all element characteristics. 

 

Figure  2 AVL Boost engine scheme 

Air cleaners were defined by introducing pressure drop in the 

filters for a given air mass flow. Once this reference point was 

introduced, the software constructed a second order polynomic 

function between pressure drop and air mass flow. This pressure 

losses were acquired by measuring the water column between 

the inlet and the outlet of the air filters. Similarly, pressure drop 

in air cooler was measured and introduced to the simulation, as 

well as reference temperature for water in air cooler inlet and 

cooler volume. Concerning system boundaries, ambient 

temperature, pressure and humidity of the test bench were 

introduced to the simulation, including backpressure presented 

in the exhaust gas duct. For turbocharger characterization, 

parameters such as compression ratio, compressor efficiency or 

turbine discharge coefficient were introduced. Then, all the 

connections between the mentioned elements were created using 

pipes. For these pipes, dimensions of real engine pipes were 

defined by providing pipe diameter and pipe lengths to the 

software.  

Consequently, engine cylinders were defined by introducing 

different aspects of the real engine cylinders. For first, engine 

general characteristics such as cylinder bore, stroke or 

compression ratio were defined. Blow-by gap was also 

introduced and adjusted by means of fitting modelled motored 

pressure curve to real engine motored pressure curve. As stated 

by Hountalas et al. [20], an increased blow-by gap may induce 

peak pressure reductions and changes in peak pressure angle, so 

this parameter has been of great importance when fitting the 

model.  

The heat transfer model selected for the cylinder heat losses 

was AVL 2000, which consists on a modification of the well-

known Woschni heat transfer model [21] considering the relation 

YANMAR – 6HYM WET

AVL BOOST

National Instruments 
Compact FieldPoint 

Hydraulic brake

DEWETRON-2600

Model vs Real

1,2,3,4 5,6,7,8,9,10
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between heat transfer and volumetric efficiency during the gas 

exchanges in the engine [22].  

Aiming to provide the most accurate combustion model to 

the software, in-cylinder combustion pressure traces were used 

to define the combustion phase. First, combustion pressure traces 

were filtered by using a Butterworth filter [23] designed in 

Python, removing all vibrations of the combustion process from 

the pressure curves. Consequently, an independent software 

called BURN was used to obtain the Rate of Heat Release curves 

from the combustion pressure traces. This program uses cylinder 

physical characteristics, heat transfer parameters and engine 

operation condition information to calculate ROHR curves from 

combustion pressure traces. Figure 3 shows the flow chart of the 

combustion model definition. This calculation was carried out 

for the different measured engine operation conditions, and 

finally these ROHR curves were introduced to the Boost 

program to completely define engine combustion model. Finally, 

engine intake and exhaust valve lifts and flow coefficients were 

introduced as crank-angle dependant curves to define the gas 

exchange occurring in the combustion chamber. 

     

 

Figure  3 Combustion model development 

Model validation 

 For model validation, modelled combustion pressure 

curves were compared to real curves for different engine 

operation conditions. Figure 4 shows the modelled combustion 

pressure curves and their respective real combustion pressure 

curves for 4 different engine load conditions: 25, 50, 75 and 

100%. The aim of comparing the curves in different engine 

situations was to ascertain the generalization capability of the 

model in the whole performance spectrum of the engine. 

Analogue model validations may be found in recent diesel 

engine modelling research works [14, 24].  

 

 

 

Figure  4 Combustion pressure curve modelling 

RESULTS AND DISCUSSION 
Thermodynamic modelling methodology, in contrast to 

other modelling approaches (e.g. Artificial Neural Networks) 

offers the possibility to simulate the engine on its totality once it 

is accurately adjusted. In this case of study, the capability of the 

thermodynamic model to calculate in-cylinder combustion 

pressure with high accuracy levels has been proved. During 

model fitting, it has been demonstrated that accuracy levels for 

combustion pressure curve calculation were high for the whole 

performance spectrum of the engine. Once the model fitting 

phase was carried out by adjusting in-cylinder traces, six 

different engine performance parameters not yet fitted were 

predicted: exhaust gas temperature, air pressure and temperature 

in turbocharger outlet, air pressure and temperature in air cooler 

outlet and engine fuel consumption. As inputs, engine load and 

engine speed as well as ambient conditions in system boundary 

elements were introduced to the model. Figure 5 shows the 

obtained results for the four different engine loads previously 

introduced in model validation: 25, 50, 75 and 100%.  

 

 

Figure  5 Performance parameter predictions vs real values 
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The accuracy level of all the predicted parameters is 

remarkably high for all the presented engine operation 

conditions. This stands not only the capacity of the model to 

represent a specific operation condition of the engine but also its 

ability to accurately represent the evolution of multiple engine 

parameters for different performance situations.    

Furthermore, with only a few engine trials the model could 

be fitted, not having to run several engine tests to characterize 

the engine for its whole performance map. While it´s true that 

most of the parameter predictions were notably precise, some 

specific predictions were quite deviated from real values. Then, 

aiming to understand the accuracy level of each parameter more 

deeply, an error analysis was conducted, calculating the error of 

prediction for each parameter separately. For that, Mean 

Absolute Percentage Error was used as the error expression to 

evaluate the accuracy ranges of the model predictions. This 

expression represents the mean of the relative percentage errors 

for a n number of predictions. Equation 1 shows its calculation.  

 

     (1) 

Where yi is the ith prediction of the model, ti is the target 

value corresponding to that prediction and n is the number of 

predictions. In this case, MAPE was calculated for each 

parameter prediction in the four different engine performance 

conditions of Figure 4, so n was 4. Figure 6 shows the results of 

the error analysis.  

 

 
 

Figure  6 MAPE values for different parameter prediction 

All parameters were predicted within remarkably low errors. 

In case of Texh, this variable has been predicted in many engine-

modelling research works [25, 26]. In fact, exhaust gas 

temperatures hold very high correlation with respect to multiple 

engine performance parameters, including engine load and 

engine speed, which makes this parameter accuracy be relatively 

high when being predicted by the thermodynamic model. 

Castresana et al. [17] reached 1.86% MAPE value when 

predicting Texh in a single cylinder diesel engine. The error value 

of the present study is in the same range, even if the engine is a 

six-cylinder engine, which makes the thermodynamic modelling 

fitting more complex than in a single cylinder diesel engine. 

Furthermore, the accuracy range of the K-type thermocouples 

used in engine trials is ± 4%, which may induce higher prediction 

errors. However, even if measurement uncertainty was relatively 

high in some sensors, prediction accuracy was remarkably high.  

The rest of parameters are also in the range of the errors 

obtained for Texh. For air temperature and pressure in 

turbocharger outlet, 3.37 and 4.44% were obtained respectively, 

while 2.83 and 3.36% were obtained for air pressure and 

temperature in air cooler outlet. However, in case of the fuel 

consumption calculation, the error was the highest of all 

predicted variables. Nevertheless, the relation between engine 

power and instant fuel proved to be very adjustable to a linear 

regression. Concretely, instant fuel consumption may be 

calculated with equation 2, which was obtained by carrying out 

a linear regression with real engine test measurements. The 

regression coefficient R2 obtained for the present equation was 

0.9989, which may induce a good prediction ability.  

  (2) 

Where Load is the engine load measured in the tests, which 

was also used as an input for the thermodynamic model. If fuel 

consumption predictions were again carried out with Equation 2, 

the error would be reduced from 9.71% to 1.30%, reaching high 

accuracy levels for the whole engine performance spectrum. 

Therefore, this equation may be used in combination to the 

thermodynamic model to reach low error levels and enhance the 

applicability of the present model in fault detection studies.  

Overall, obtained error ranges prove that thermodynamic 

modelling could be very helpful for different applications. 

Basurko et al. [5] established threshold values of 5-8% for 

different faulty engine situations, which are higher than the 

errors obtained in the present study. Therefore, if similar error 

levels were obtained in future model predictions, we could 

conclude that something was happening to the real engine. In 

addition, this kind of models are somewhere in the middle 

between real engine tests and ANN modelling in terms of 

calculation times. Hence, they may be utilizable to first be 

adjusted to the real engine by carrying out few engine trials, and 

then be employed to create a large enough dataset to train faster 

machine learning based methodologies, not having to run 

numerous engine experimental tests.  

  

CONCLUSIONS 
In the present study, the capability of thermodynamic modelling 

to predict multiple engine performance parameters through 

variable engine operation conditions was analysed. The aim of 

the present contribution was to present an alternative to time 

consuming multiple engine trials needed in different condition-

based maintenance applications. From the present study, the 

following conclusions can be drawn: 

- Multiple engine performance parameters were 

predicted simultaneously within MAPE of 4.37% in 

a six-cylinder marine diesel engine using 

thermodynamic modelling approach. 

- The inclusion of ROHR as an input for 

thermodynamic modelling provided high accuracy 
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levels for modelled combustion pressure curves even 

when modelling variable engine operation 

conditions.  

- The accuracy level of instant fuel consumption was 

enhanced conducting linear regression, reducing the 

model error from 9.71% to 1.30%. 

Thermodynamic modelling thus proved to be an effective 

alternative to time consuming engine experimental tests. By 

carrying out few engine trials, an accurate simulation tool was 

obtained. The error levels obtained for the predicted engine 

performance parameters stand the great potential of 

thermodynamic modelling to be used to train faster machine 

learning methodologies. Future works may analyse the 

applicability of thermodynamic models to train robust and 

effective machine learning models without needing to carry out 

excessive engine experimental trials.  
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ABSTRACT
We investigate experimentally and theoretically the microscale

physical phenomena occurring during the growth of a single bub-
ble attached to the heater in nucleate boiling. The experiment
is performed with water under normal conditions by using state-
of-the-art high-speed (4000 fps) and microscopic scale measure-
ments. The boiling surface consists of an indium-tin oxide (ITO)
film deposited on the transparent MgF2 porthole. The ITO heat-
ing is performed locally with an infrared (IR) laser directed from
below. We study the liquid microlayer that can form between the
heater and the bubble. The microlayer profile and macroscopic
bubble shape are measured by white light interferometry (WLI)
and sidewise shadowgraphy, respectively. The heater tempera-
ture is given by an IR camera. We have detected a new feature
in the microlayer shape: a bump in the microlayer profile that
appears at the initial stage of the bubble growth. A theory that
allows us to explain such a profile is presented. We also present
a 2D numerical simulation of microlayer dynamics that shows
both the bump and the dewetting ridge evidenced in earlier nu-
merical simulations. The bump in the microlayer observed in the
experiments does not correspond to the dewetting ridge.

INTRODUCTION
A liquid layer having a thickness of a few `m, called as mi-

crolayer, may be formed between the heater and a bubble in
nucleate boiling under certain conditions [1–3], as illustrated in
Fig. 1. Pioneering investigations on the microlayer dynamics
were performed in the 1950-60’s [4–7]. Experiments on a single
bubble growth in pool boiling have indicated the formation of a
microlayer with a wedge-shaped profile. The contribution of its
evaporation to the overall bubble growth rate has been reported
to be significant [7, 8]. The existence of a dry spot at the bubble
base was also identified [9].

More recently, numerical simulations indicated a ridge near
the contact line [2] (Fig. 1). This is known to be a result of
the collection of liquid due to the dewetting phenomenon [10].
The other microlayer part is flatter and wider. Contrary to the
pioneering studies, recent experiments have shown a curved shape
(a “bump”) within this second part [11–13]. However, the physics

NOMENCLATURE

𝐶𝑎 [-] Capillary number
𝑛 [-] Index of refraction
𝑁 [-] Fringe sequential order
ℎ [m] ITO thickness
𝐼 [-] Intensity of light
𝑘 [W/(m K)] Liquid thermal conductivity
K [-] Scaling factor
L [J/kg] Latent heat
𝑇 [◦C] Temperature
𝑡 [s] Time
𝑟 [m] Radial coordinate
𝑈 [m/s] Velocity
𝑥 [m] Abscissa
𝑥′ [-] Pixel position along the spatial axis
𝑦 [m] Ordinate

Greek characters
𝛼 [m/px] Spectral resolution
𝛽 [-] Ratio of radius of curvature at the edge to bubble radius
𝛾 [m/px] Spatial resolution
𝛿 [m] Microlayer thickness
_ [m] Wavelength
_′ [-] Pixel position along the spectral axis
` [Pa s] Liquid dynamic viscosity
𝜌 [kg/m3] Liquid density
𝜎 [N/m] Surface tension
𝜙 [-] Dimensionless phase shift at reflection
𝜓 [rad] Phase shift under reflection at a given interface

Subscripts
0 Initial thickness for 𝛿. Image obtained only with MgF2 for 𝐼
1, 2 Interfaces of light reflection
𝑏 Bubble
𝑐 Curvature
𝑐𝑙 Contact line
𝑒𝑥𝑝 Experimental
𝑚 Microlayer
𝑚𝑖𝑛 Minimum
𝑚𝑎𝑥 Maximum
𝑠𝑎𝑡 Saturation
𝑡ℎ𝑒𝑜 Theoretical
𝑤 Wall

of the bump formation was not explained.
In this work, we reveal the microlayer bump formation mecha-

nism by performing water pool boiling experiments with a single
bubble and comparing to a theoretical study.

EXPERIMENTS
A schematics of the experimental setup is depicted in Fig. 2.

The boiling cell consists of a temperature homogenizer, a wa-
ter liquid pool and a boiling surface. A thermal bath supplies
continuous fluid flow to the homogenizer, which surrounds the
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Figure 1. Schematics of the microlayer profile underneath a
bubble.
cell in order to minimize thermal gradients in the liquid. The
cell is at atmospheric pressure. The boiling surface consists of
a ℎ = 950 nm thick ITO deposited on a MgF2 optical porthole
by radio frequency magnetron sputtering. MgF2 is transparent
to visible and IR light spectrum whereas ITO is transparent to
visible but opaque to IR. A single bubble is triggered with lo-
cal heating. It is created by the continuous IR laser irradiation
(_ = 1.2 `m) from the bottom thanks to the high IR absorbance
of ITO.
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Figure 2. Illustration of the experimental installation.

High-speed and high-resolution optical diagnostics are em-
ployed to characterize the near wall phenomena and bubble dy-
namics. The microlayer spatially varying thickness 𝛿, bubble
base temperature 𝑇𝑤 , and the bubble macroscopic radius 𝑟𝑏 are
measured simultaneously and synchronously at each time mo-
ment by WLI (White Light Interferometry), IR thermography
with a 3-5 `m camera and sidewise shadowgraphy, respectively.
The ITO film is thin enough so that one can neglect temperature
gradients through its thickness. The WLI principle is as follows.

A collimated white light beam is directed towards the bubble with
perpendicular incidence from below (Fig. 2). The light rays are
reflected from the interfaces of MgF2/ITO, ITO/microlayer and
microlayer/vapor interfere thus producing a fringe pattern. This
light is reflected by the visible light beam splitter and enters into
a spectrometer through a slit. It selects a very narrow part of the
fringe pattern along a line that we call scanning. Its position on
the ITO is tuned in such a way that it passes through the center of
bubble base. The incoming light is then dispersed by a diffraction
grating inside the spectrometer. The output is a spectral inten-
sity fringe map 𝐼 = 𝐼 (𝑥, _) shown in Fig. 3a, where the vertical
and horizontal axes correspond to _ and the spatial direction 𝑥

along the scanning line, respectively. Thanks to the difference
in indexes of refraction of vapor and liquid, the dry spot can be
also identified by WLI as a brighter zone in the center while the
microlayer region is identified by the presence of interference
fringes; see Fig. 3a.

dry spot microlayer

contact line

x

yb)

𝜆𝜆 x
0

dry 
spot

rcl

rm

a)

microlayer microlayer

Figure 3. (a) WLI spectral fringe image for a single bubble
nucleate boiling at 𝑡 = 1.5 ms. (b) Dry spot and microlayer extent
detection with spectrometer in mirror mode.

To the best of our knowledge, the use of WLI is a novelty
in boiling studies. Its first advantage over the classical laser
(monochromatic) interferometry widely used in previous inves-
tigations [8, 11, 14, 15] is that 𝛿(𝑥) ∝ _(𝑥) and thus one can
identify the microlayer profile from the fringe geometry observed
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in the map of Fig 3a. For instance, a parabolic fringe geometry
indicates a bumped microlayer profile while a linear microlayer
will produce straight fringes. In addition, thanks to the _ axis
one can get profiles of 𝐼 (_) for a fixed 𝑥 to increase the amount
of experimental data so the accuracy on 𝛿(𝑥) is improved. An-
other advantage is that the WLI fringe map (Fig. 3a) contains the
information on many physical parameters simultaneously: 𝛿(𝑥)
from the fringe pattern, the dry spot 𝑟𝑐𝑙 and microlayer 𝑟𝑚 radii.
The laser interferometry requires a second optical technique (total
internal reflection, for instance) to obtain the same information
[16].

In Fig. 2, the visible-IR light beam splitter (“hot mirror”)
reflects the IR radiation emitted by the ITO film towards the
IR camera but transmits the visible light. The visible light and
Fourier transform infrared (FTIR) spectroscopy show that the
visible-IR light beam splitter has the average transmittance within
the visible light spectrum of 85% and the reflectance of 92%
within the IR band of camera sensitivity.

Calibration
The camera used for WLI in Fig. 2 is a gray scale camera.

Therefore, one needs first to calibrate the _ axis of the WLI
image (Fig. 3a). To do so, ten different optical bandpass filters
with known central wavelength _ are positioned, one at a time,
in between the collimated white light source and the visible light
beam splitter (Fig. 2). One then obtains images of a narrow
horizontal bright strips with maximum intensity taking place at
a specific pixel position _′ in the vertical direction of the image.
A linear relationship _ = _0 + 𝛼_′ relates _′ to _, with _0, the
lowest visible wavelength, and 𝛼, the spectral resolution.

To calibrate the spatial axis 𝑥 of Fig. 3a, one opens the slit
to full image width and turns a turret inside the spectrometer to
replace the diffraction grating in the optical path by a mirror. In
this configuration, called as mirror mode, and with the empty
cell, an optical target with printed grid is placed on the top of
the MgF2 porthole (without the deposited ITO). One obtains a
linear relationship 𝑥 = 𝛾𝑥′ where 𝛾 and 𝑥′ represent the spatial
resolution and the horizontal pixel number, respectively. The
spatial resolution for the shadowgraphy is determined similarly.
Under boiling conditions, the mirror mode serves to image both
the dry spot and the microlayer in 2D as shown in Fig. 3b. By
using this mode, one can adjust the position of the ITO scanning
line so it passes through the bubble center.

Each pixel of the IR camera is calibrated before the exper-
iment by using the cell at the steady state conditions in order
to establish a relationship between 𝑇𝑤 and the intensity 𝐼. A
resistance thermal detector measures the temperature inside the
liquid pool during the calibration. The calibration data is fitted
with the equation 𝑇𝑤 = 𝐴1

[
(𝐴2 + 𝐼)1/4 + 𝐴3

]
[17], where 𝐴1, 𝐴2

and 𝐴3 are fitting coefficients, which take into consideration the
background IR radiation and ITO emissivity. Such an equation
is obtained by integrating the Plank’s formula within the spectral
response bandwidth of the IR camera for the temperature range of
40 ◦C ≤ 𝑇𝑤 ≤ 150 ◦C. The spatial resolution for the IR camera

is obtained by imaging the diameter of the MgF2 porthole.
In WLI, the optical calibration gives a spectral and spatial

resolutions of 𝛼 = 0.16 nm/px and 𝛾 = 14 `m/px, respectively,
within the spectral bandwidth 437 nm ≤ _ ≤ 645 nm. The spatial
resolutions for the IR thermography and shadowgraphy are 84 and
32 `m/px, respectively.

Validation
To independently validate the WLI measurements, we place a

plano-convex lens on a sapphire optical porthole to create a thin
film of air between these two, as depicted in Fig. 4a. Sapphire
is as transparent to visible light as MgF2 but its higher index of
refraction provides a better fringe contrast with air. The fringe
pattern is shown in Fig. 4a. It is a result of the interference
between the light rays reflected from the interfaces sapphire/air
and air/lens.

By taking a 𝐼 (_) profile at a given 𝑥 of Fig. 4a, the wave-
lengths of maxima and minima corresponding to constructive
and destructive interference, _𝑚𝑎𝑥 and _𝑚𝑖𝑛, respectively, are
identified. To gain accuracy, 𝛿 is determined by averaging,

𝛿 =
1

4𝑛

[
1
M

M∑︁
𝑖=1

_𝑖𝑚𝑎𝑥 (𝑁 𝑖
𝑚𝑎𝑥 − 𝜙) + 1

N

N∑︁
𝑖=1

_𝑖𝑚𝑖𝑛 (𝑁 𝑖
𝑚𝑖𝑛 −

1
2
− 𝜙)

]
,

where M and N represent the total number of visible maxima
and minima, respectively. 𝑁 , 𝜙 and 𝑛 stand for the fringe se-
quential order, net light wave phase shift at reflection and index
of refraction of the layer (air in this case with 𝑛 = 1), respec-
tively. In this case, 𝜙 = (𝜓2 − 𝜓1)/2𝜋 = 1/2, where 𝜓1 = 0 and
𝜓2 = 𝜋 correspond to the wave phase shifts at reflection from the
sapphire/air and air/lens interfaces, respectively (Fig. 4a).

Fig. 4b shows the theoretical lens shape (known thanks to the
radius of curvature given by manufacturer) and the film profile
𝛿(𝑥) measured by WLI. The theoretical lens shape is well recov-
ered by WLI. The relative error is ≤ 5% for 𝛿 ≥ 1 `m.

IMAGE PROCESSING
The aim of treatment of the vapor bubble images is to obtain

𝛿 = 𝛿(𝑥) along the scanning line at each time moment 𝑡. For
each 𝑥, we fit the experimental profile 𝐼𝑒𝑥𝑝 (_) (Fig. 3a) to the
theoretical profile 𝐼𝑡ℎ𝑒𝑜 (_) as follows. The function [18]∑︁

_

[
𝐼𝑒𝑥𝑝 (_)
𝐼0,𝑒𝑥 𝑝 (_)

− K 𝐼𝑡ℎ𝑒𝑜 (_)
𝐼0,𝑡ℎ𝑒𝑜 (_)

]2
, (1)

is minimized. The summation is performed pixel by pixel in
all the visible bandwidth. 𝐼0,𝑒𝑥 𝑝 is the light intensity obtained
with the bare MgF2 porthole (with the empty cell and without
ITO film). 𝐼0,𝑡ℎ𝑒𝑜 is the Fresnel reflectivity that accounts for the
difference of the refraction indices of the air and MgF2. 𝐼𝑡ℎ𝑒𝑜 (_)
is given by the classical scalar interference theory [19] accounting
for the reflected beams from the MgF2/ITO, ITO/microlayer and
microlayer/vapor interfaces. The constant factor K accounts for
the camera sensitivity and is determined during minimization.
Such a target function compensates the uneven spectral intensity
emission of the light source.
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Figure 4. White light interferometry (WLI) experimental vali-
dation.

The fringe pattern shown in Fig. 3a is created by the interfer-
ence in both the microlayer and the ITO film, i.e. by a two-layer
optical system, where 𝛿 and ℎ are both unknown. To determine
ℎ, we first process the image obtained prior to the bubble nucle-
ation that contains only the interference pattern due to the ITO
film. By using it, ℎ is determined for each 𝑥 along the scanning
line. Then 𝛿(𝑥) is determined from the processing of the bubble
growth images and minimization with known ℎ.

SIMPLIFIED THEORY
The microlayer can be seen [3] as the Landau-Levich film left

behind the receding meniscus (Fig. 1). This analogy is justified
by the fact that the microlayer thickness is controlled only by
the viscous and surface tension forces (the microlayer Reynolds
number being very small). The initial microlayer thickness (that
without accounting for the evaporation and shape relaxation) is

[20]

𝛿0 = 1.34𝑟𝑐𝐶𝑎2/3, (2)

where 𝑟𝑐 is the radius of curvature at the edge of bubble; the
capillary number is 𝐶𝑎 = `𝑈𝑏/𝜎, with 𝑈𝑏 = 𝜕𝑟𝑏/𝜕𝑡 (Fig 1).
The 𝑟𝑐 value differs from the bubble radius 𝑟𝑏. The bubble foot
is flattened by the inertial forces acting on the bubble downwards
thanks to the rapid bubble growth. Therefore, the portion of
bubble interface between the foot and the dome has a much larger
curvature 𝑟−1

𝑐 than that of the bubble dome, see Fig. 1; 𝛽 = 𝑟𝑐/𝑟𝑏
is thus expected to be much smaller than unity.

Values of 𝑟𝑏 and 𝑈𝑏 obtained from the experimental measure-
ments are used in the calculation. To give the spatial dimension
to 𝛿0, one mentions that the microlayer thickness at a point 𝑥
corresponds to the time moment where 𝑟𝑏 = 𝑥.

Two physical phenomena can thin the microlayer over time:
evaporation and the radial liquid flow in the microlayer. The
latter is expected to have a minor effect on 𝛿(𝑡) because of strong
viscous stresses within the microlayer. Therefore, we neglect it in
this first simplified approach. By assuming a linear temperature
distribution in the vertical direction and neglecting the heat flux
towards the vapor, the energy balance in the microlayer reads

L𝜌
𝜕𝛿

𝜕𝑡
= −𝑘 Δ𝑇 (𝑡)

𝛿
. (3)

where Δ𝑇 (𝑡) = 𝑇𝑤 (𝑡) − 𝑇𝑠𝑎𝑡 is the wall superheating.

RESULTS AND DISCUSSION
The measured radii of bubble, microlayer, and dry spot are

shown in Fig. 5. They are computed from the bubble center. For
0 ≤ 𝑡 ≤ 1.25 ms the dynamics of the bubble and microlayer radii
is similar thanks to the inertial expansion of the bubble, which
results in a nearly hemispherical bubble shape. The microlayer
radius attains 90% of its maximum extent within the first 10% of
bubble growth period. Its depletion occurs at 𝑡 = 12.5 ms, where
the dry spot and microlayer radii coincide.

The experimental “bumped” profile is shown in Fig 6. As
mentioned above, it corresponds to the parabolic fringe geometry
seen in Fig. 3a. This profile is observed as soon as the microlayer
is fully formed. Its thickness attains a maximum at 𝑥𝑚𝑎𝑥 ≃
1.6 mm. Although 𝛿 decreases with time due to evaporation,
𝑥𝑚𝑎𝑥 remains nearly unchanged because of the quasi-absence of
the radial liquid flow.

The spatial variation of the initial film thickness 𝛿0 can be
evaluated with (2) by using the experimental values of 𝑟𝑏 and
𝑈𝑏 (from Fig. 5). The obtained 𝛿0 value is plotted as a function
of 𝑟𝑏 = 𝑥 in Fig. 7; 𝛽 = 0.078 is chosen to fit the experiment.
During the bubble growth, 𝑈𝑏 decreases whereas 𝑟𝑏 increases,
so a maximum occurs. Its position agrees with the experimental
position of the maximum in Fig. 7, which shows the validity of
this simple model. This effect is similar to the spatial variation
of the film thickness deposited by the oscillating meniscus [21].

The local superheating Δ𝑇 (𝑡) can be characterized with two
methods. First, one can use the IR measurements to obtain it
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Figure 5. Experimental time evolution of the bubble radius 𝑟𝑏,
microlayer radius 𝑟𝑚 and dry spot (contact line) radius 𝑟𝑐𝑙 .
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Figure 6. Experimental microlayer profiles obtained by WLI
for different growth times in ms.
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Figure 7. Initial microlayer profile given by Eq. (2).

directly. Second, it can be calculated from (3) to check the
validity of our approach. Figure 8 shows a comparison of Δ𝑇 (𝑡)
at the position 𝑥 = 1.6 mm obtained from the IR thermometry
measurements and the one obtained from (3) by using the WLI
𝛿(𝑡) data from Fig. 6. A good agreement between these two
curves indicates that the microlayer thinning is a result of its
evaporation only, and therefore the relaxation of the microlayer
shape by radial flow in it is indeed negligible.
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Figure 8. Comparison of Δ𝑇 at 𝑥 = 1.6 mm obtained from the
IR thermography with theory (3) using 𝛿 from WLI.

The full profile of the microlayer can be calculated within
the two-dimensional hydrodynamic simulation that uses the lu-
brication approximation. It accounts both for the triple contact
line receding caused by capillary effects amplified by evaporation
[22] and for the decelerated motion of the “meniscus” (i.e. of the
edge of bubble base) [21]. The dependence of the interface tem-
perature on the local interface curvature (i.e., Kelvin effect) and
several other microscopic effects (like hydrodynamic slip length
of 10 nm and interfacial thermal resistance) regularize the singu-
larity associated with the moving contact line [10]. The problem
is solved numerically within the interval (𝑟𝑐𝑙 , 𝑟𝑏). The contact
line position 𝑟𝑐𝑙 (Fig. 1) is imposed by using the experimental
data from Fig. 5. The governing equation is thus the same as
in [22]. For 𝑡 < 0.269 ms, the ITO superheating Δ𝑇 = 8K. For
0.269 ms < 𝑡 < 3 ms, it is assumed to decline linearly to 4.5K.
The boundary conditions at 𝑥 = 𝑟𝑐𝑙 are like in [22]: 𝛿 = 0, slope
is given by the microscopic contact angle which is assumed to
be 25◦, and hydrodynamic pressure finiteness. Similarly to the
above simplified approach, the boundary condition at 𝑟 = 𝑟𝑏 is
the curvature equal to 𝑟−1

𝑐 . The simulation is performed only
for the initial stage of the microlayer existence where both 𝑟𝑚
and 𝑟𝑏 grow. For larger times, 𝑟𝑚 decreases while 𝑟𝑏 grows.
As our simulation boundary should be defined at 𝑟 = 𝑟𝑏 (i.e.
at a height much larger than the film thickness), the curvature
boundary condition becomes uncertain.

Figure 9 shows the numerical results on the microlayer pro-
files at selected time moments. The liquid film (microlayer) is
deposited by the bubble edge during its receding caused by the
bubble growth. The simultaneous contact line receding leads to
formation of a growing in time ridge (the dewetting ridge) that
collects the liquid previously situated on the dry spot. The ridge
slope is much larger than the slope of a bump forming in the
middle of the microlayer. Such a ridge in the microlayer has been
obtained recently in numerical simulations of nucleate boiling
[2, 3]. As the dewetting ridge leads to steep interface slopes, it
cannot be detected by the interferometry methods which are only
capable of measuring very small slopes not exceeding ∼ 0.1◦.
Both the height and the position of the bump (Fig. 9b) agree very
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well with the experiment (Fig. 6).
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Figure 9. Numerical results showing the temporal evolution of
microlayer profile; the corresponding time is labeled in ms.

CONCLUSION
We have presented novel experimental data on the single

bubble growth in boiling obtained with state-of-the-art fast
and microscopic-scale measurements. A maximum (bump) in
the middle of the microlayer that appears at the initial stage
of the bubble growth has been discovered and understood.
The bumped profile is a result of the deceleration of growth
of the radial bubble size on one hand, and on the other, of
viscous and surface tension forces acting within the microlayer.
The bump we measure does not correspond to the dewetting
ridge evidenced in earlier numerical simulations. We have
performed numerical simulations of the microlayer dynamics.
Our simulations evidence both the dewetting ridge and the bump;
the simulated bump shape agrees to the experiment. In addition,
we show that the temporal microlayer thinning is a result of its
local evaporation.

We are deeply grateful to I. Moukharski for the help with
the microfabrication.
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ABSTRACT 
In the paper two experiments of flow boiling were studied: 

(1) flow boiling in three parallel minichannels, (2) flow boiling

in one minichannel.

The aim of the paper was to globally analyse the complexity 

of flow boiling. Thus, the inlet pressure signal registered in the 

common inlet space was taken into consideration.  

It has been observed that, the more intense the boiling 

process is,  the more complex the pressure fluctuations are. 

It shall be noticed that, the complexity of flow boiling is 

strongly related to the changes of flow patterns in the 

minichannels and to different oscillations which have an impact 

on inlet pressure signal. 

INTRODUCTION 
There are a lot of technical devices in which heat 

exchangers with parallel mini and microchannels are used and 

their number is still increasing. Consequently, research related 

to the heat transfer in such exchanger is still carried out. In 

numerical and experimental studies, heat transfer coefficient 

[1], [2], flow patterns [3] and stability of boiling process [4]–

[7] were investigated.

Due to the small size of channels the phenomenon of

boiling is often a non-stationary process [8]. The nature of such 

flow is oscillatory. During flow boiling in minichannels flow 

maldistribution has been observed [9], [10]. 

In the paper [11] the authors have observed that flow 

oscillations with certain amplitudes can lead to temperature 

synchronization across the channels. They claimed that 

manageable flow oscillations can uniform the distribution of 

flow. 

The synchronization between two – phase flow in 

minichannels was investigated in paper [4]. In this paper a self-

organizing process for short slug flow in neighboring 

minichannels was identified. It was concluded that for an 

increase in the water flow rate the flow synchronization became 

weaker more quickly near the inlet of the minichannels.  

Flow maldistribution which is strongly related to flow 

boiling complexity can lead to a weaker performance of the 

heat-exchanger or even channel burnout. As the changes of 

flow patterns in minichannels are reflected in the flow’s 

parameters registered in common inlet space, thus in the paper 

an analysis of inlet pressure signals during flow boiling was 

performed. 

In the paper flow boiling in minichannels was investigated. 

Two experiments were taken into consideration: flow boiling in 

three, parallel minichannels and flow boiling registered in one 

minichannel. The aim of the paper was a global analysis of flow 

complexity (flow distribution) during flow boiling in two 

different experiments. In order to globally analyze the changes 

of flow patterns and flow distribution in the minichannels, the 

inlet pressure signal measured in the common inlet space was 

examined. 

NOMENCLATURE 

G [kg/m2s] Mass flux 

P [W] Heat input 

p [kPa] Pressure 

Special characters 

 [-] Scale factor 

Subscripts 
in Inlet 

EXPERIMENTAL SETUPS 

Experiment 1 

Figure 1 The experimental setup: 1– gear pump (Tuthill 

model DGS.11), 2 – reservoir (volume: 222.8 cm3), 3 – Coriolis 

mass flow meter (Bronkhorst mini CORI-FLOW™ M13; 

accuracy of ± 0.2% of rate), 4,11 – pressure sensor 

(MPX5010DP, time response: 1 ms), 5 – three parallel 

minichannels (the dimensions of the minichannels: 0.25 mm x 

0.50 mm x 32.00 mm), 6 – 10 thermocouple (type K, 1 mm 

diameter, accuracy: ± 2.5 °C), 12 – high speed camera 

(Phantom v1610), 13 – outlet tank 
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Experiment 2 

 Figure 2 The experimental setup: 1– supply tank (volume: 5 

dm3), 2 – ball valve, 3 – surge tank, 4 – minichannel (the 

dimensions of the minichannel: outer diameter: 2 mm, inner 

diameter: 1 mm, the length: 150 mm), 5 – pressure drop sensor, 

6 – high speed camera, 7 – outlet tank, 8 – laser, 9 – 

phototransistor 

DATA CHARACTERISTICS 
In the experiment with three parallel minichannels (Fig. 1) 

the electric power which was used to heat the minichannel heat-

exchanger was constant. The mass flow rate was changing. The 

average heat flux was ranging from 140-175 kW/m2 and the 

mass flow rate was in the range of 150-600 g/h. The experiment 

has been also described in the paper [4]. 

The examples of inlet pressure signals for different water 

flow rates (m) are shown in Fig. 3.  

Based on the visual observations of the registered films the 

flow boiling characteristics referring to the signals presented in 

Fig. 3 are following:  

• Fig. 3a – dominance of vapour in the channels, the 

occurrence of long vapour slugs and small vapour 

bubbles, very dynamic changes of flow patterns; 

• Fig. 3b – short vapour slugs and bubbles, reverse 

flows, dynamic changes of flow patterns in 

minichannels; 

• Fig. 3c – dominance of liquid phase,  short slugs 

and bubbles occurrence, slow changes of flow 

patterns; 

 

When flow boiling in one minichannel is considered (Fig. 

2), the experimental conditions were following: mass flux G = 

159 kg/m2s, heat input P = 46 W, overpressure in supply tank 

50 kPa. In Fig. 4 and Fig. 5 four parts of inlet pressure signal 

taken into consideration were shown. The data registered 

during the experiment has been also described in following 

papers: [2], [3]. 

 

 

Figure 3 The registered signals of inlet pressure (pin) for 

following water flow rates (m): a) m = 210 g/h, m = 281 g/h, b) 

m = 348 g/h, m = 383 g/h, c) m =472 g/h, m = 537 g/h 

 
 

 
Figure 4 The inlet pressure signal 
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Figure 5 The considered parts (I, II, III, IV) of inlet 

pressure signal  

 

Visual observations were performed related to the analysed 

inlet pressure signals. The part I in Fig. 4 corresponds to the 

beginning of the boiling process, during part II short slugs and 

vapour bubbles occurred in the minichannel. During part III 

long vapour slugs and churn flow was observed. During part IV 

churn flow and wavy annular flow was present. The flow 

patterns which mostly occurred in the analysed parts of inlet 

pressure signal were shown in Fig. 6.  

 

 
Figure 6 The flow patterns occurring in the analysed parts 

of inlet pressure signal: I – liquid flow and liquid flow with 

small vapour bubbles, II – liquid flow with small vapour 

bubbles and vapour slugs flow, III – long vapour slugs flow and 

churn flow, IV – churn flow, wavy annular flow 

 

METHOD OF DATA ANALYSIS 
The aim of the paper is to globally analyse the complexity 

of flow boiling. Thus, the inlet pressure signal registered in the 

common inlet space was taken into consideration. The inlet 

pressure signals gathered during Experiment 1 (Fig. 1) and 

Experiment 2 (Fig. 2) were recorded with the speed of 1 kHz.  

In this paper, the CMSE (Composite Multiscale Entropy) 

was applied to study the complexity of inlet pressure signal and 

to analyse the complexity of flow boiling. 

In order to use the CMSE a coarse-grained series from 

original time series is formed. The basic steps of the algorithm 

were following: (1) forming multiple coarse-grained time series 

for all scale factors τ, (2) computing Sample Entropy for all 

coarse-grained time series and deriving the CMSE value which 

is the mean of τ Sample Entropy values. The coarse-grained 

time series is defined as follows: 

 
i* 1

( )

,

(i 1)*

1
,

k

k n n

n k

y p






+ −

= − +

=    1 ≤ i ≤ N/ 1 ≤ k ≤   (1) 

where: N – the length of each time series p,  – scale factor, k – 

number of the coarse-grained time series for each , i – the 

length of each coarse-grained time series.  

In the CMSE algorithm several parameters are used:   – 

scale factor, m – embedded dimension which states that two 

similar sequences equal to m subsequent points will remain 

similar when one more consecutive point is considered, r – the 

maximum norm of the distance between considered points, σ – 

the standard deviation of each coarse-grained time series.  

In the paper the CMSE algorithm was calculated based on 

the inlet pressure signal registered during the Experiment 1 

(Fig. 1) for following parameters:   = {1,2,…,10}, m = 2, r = 

0.1* σ. For CMSE analysis of the inlet pressure signal recorded 

during the Experiment 2 (Fig. 2) following values of 

parameters were set:   = {1,2,…,10}, m = 2, r = 0.05*σ. 

In order to obtain a coefficient which defines the level of 

complexity of each analysed signal, the Complexity Index (CI) 

has been used, which is the integral of the CMSE function.  

The examples of applications of CMSE algorithm were 

presented in papers: [12]–[14]. 

RESULTS 
 

Experiment 1 

 
Figure 7 shows results gained based on the data registered 

during flow boiling in Experiment 1 (Fig. 1). In Fig. 7d the 

values of CI vs. water flow rate (m) have been shown. One can 

notice that this coefficient distinguishes 3 types of flow boiling 

among all analysed flows. The first type are flows with the 

lowest water flow rate in the range of 100 and 210 g/h. Based 

on the visual observations it was noticed that during these flows 

the vapour was mostly filling the channels, the boiling was very 

intense and the flow patterns occurring in the channels were 

changing dynamically. The values of CI were the highest, so 

the complexity of the flow boiling was high. The second type 

of the distinguished flows is characterised by a medium level of 
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CI values, the range of water flow rate during these flows was 

following: from 240 g/h up to 390 g/h (Fig. 7b,d). During those 

flows the flow boiling was still intense, long vapour slugs and 

small vapour bubbles were filling the channels, reverse flow 

was also observed. The level of liquid flow was gradually 

increasing in the channel. The last group of flows is 

characterised by the lowest value of CI (Fig. 7c,d). During 

these flows, the liquid flow was dominant in minichannels, the 

boiling was not intense. The changes of flow patterns occurred 

much slower than in two earlier mentioned groups of flow. 

Small vapour bubbles and short vapour slugs were observed in 

the minichannels.  

 

 
Figure 7 The CMSE functions for following water flow 

rates: m = 175 g/h, 210 g/h; b) m = 246 g/h, 281 g/h, 316 g/h, 

348 g/h, 383 g/h; c) m = 472 g/h, 505 g/h, 537 g/h, 570 g/h; d) 

the CI values for all analyzed flows 

 

The paper [4] deals with the data registered during 

Experiment 1, but it focuses on the analysis of pixel brightness 

changes inside the minichannels. It has been shown, for water 

flow rates in the range of 250 g/h up to 400 g/h, the flow 

distribution was the most uniform – a self-organizing process 

has been identified. For water flow rates in the range of 250 g/h 

up to 400 g/h in this analysis, the level of CI coefficient was 

medium. The flow boiling in this case was relatively complex, 

but not as irregular as for the lowest water flow rates. Based on 

both papers it can be assumed, that such level of boiling 

complexity can lead to a more uniform flow distribution.  
The results gained in the paper show that the more intense 

the boiling process is, the more complex the analysed pressure 

fluctuations are.  

 

Experiment 2 

 

In Fig. 8 the CMSE functions were shown for the analysed 

parts of inlet pressure signal vs. scale factor (). Figure 9 

presents the CI values calculated for the CMSE functions 

presented in Fig. 8. 
 

 
Figure 8 The CMSE functions vs. scale factor () 

 

 
Figure 9 The CI values for the analysed parts of inlet 

pressure signal (pin) 

 

 

When the inlet pressure signal is considered (Fig. 4, 5), the 

CI index is the highest for data registered during part III and 

part IV. During these flows long vapour slugs, churn flow and 

wavy annular flow occurred. The process of boiling was 

already very advanced. The lowest value of CI corresponds to 

part I during which mainly liquid flow and small vapour 
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bubbles were filling the minichannel. The process of boiling 

was just starting.  

CONCLUSION  
The CMSE function which is the measure of data 

complexity enabled to distinguish analyzed inlet pressure 

signals recorded during flow boiling in minichannels. As a 

global coefficient of flow complexity (flow distribution 

regularity) the CI was taken into consideration. It has been 

shown that the higher the water flow rate, the lower the CI 

value – the less complex the boiling process is. One can notice, 

that the CI coefficient describes the complexity of flow boiling. 

Its value is the higher, the more intense and complex the boiling 

process is. A comparison of these results with an image analysis 

performed in the paper [4] indicates that medium level of 

boiling complexity can lead to a more uniform flow 

distribution.  

The pressure signal recorded during flow boiling carries 

information about long-term and short-term pressure 

oscillations. The long-term pressure oscillations are directly 

connected with the changes of channel supply, while short-term 

oscillations with the changes of phase inside channels. A 

multiscale analysis (in this paper the CMSE) is a tool which 

enables examining pressure oscillations in different time scales 

(long-term as well as short-term oscillations). The CI 

coefficient describes the boiling complexity and considers 

different time scales of pressure oscillations.  

The obtained results for two different experimental setups 

suggests the CMSE may be useful in the assessment of heat-

exchanger stability considering all types of fluctuations. In 

order to proof the application of CMSE in heat-exchanger 

stability assessment further studies of pressure oscillations 

changes in experiments with different channels and setups 

configurations are required.  
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ABSTRACT 
This article presents a new model of oil temperature 

distribution on the main pipelines for non-stationary pumping 
process. This model takes into account the temperature change 
from the pipe wall to the pristine soil area. Thus, the inertia of 
the behavior of the soil temperature field during transient 
pumping modes is simulated. This enabled to more accurately 
determine the distribution of oil temperature along the pipeline 
and the change in oil temperature over time, as well as more 
accurately determine the maximum time for a safe shutdown of 
the pipeline and more accurately estimate the time of the 
further regime reaching the stationary state. The article 
provides results of calculations that indicate influence of the 
inertia of soil temperature field when oil heating temperature 
changes and when pipeline is shutdowned and then started. The 
results show significantly difference between outputs of models 
which considers and ignores the soil temperatures inertia. 
Output temperatures of these models may differ by more than 
5-7 °C. Proposed model demonstrates good agreement with 
actual production data. The article contains comparison of 
simulation results with the readings of oil temperature sensors 
along the Uzen-Atyrau-Samara oil pipeline. 

INTRODUCTION 
The pumping of high-viscosity oils and wax oils through 

main oil pipelines is a complex technological process that 
requires mandatory heating of the oil [1]-[4]. Insufficient 
heating of oil can lead to undesirable or emergency 
consequences (decrease in productivity or complete shutdown 
of the oil pipeline with the impossibility of further restart). 
Excessive heating of oil leads to high financial costs for 
transportation. Therefore, in order to select the optimal oil 
heating temperature, it is important to accurately calculate the 
oil temperature distribution along the main oil pipeline. 
However, as in practice, the value of the thermal conductivity 
of the soil around the pipeline is unknown or not precisely 
determined, this value is an important parameter for calculating 
the process of heat exchange of the oil flow in the pipe with the 
environment. Also, in modern models, only the temperature of 
pristine soil is taken into account and the uneven warm-up of 
the soil in the direction away from the pipeline is not 
sufficiently taken into account. As is known, during long-term 

pumping of hot oil, a warm "ground coat" is formed around the 
pipeline. When the heating temperature at the station decreases 
or the pipeline stops, this “ground coat” for some time serves as 
a barrier to the rapid cooling of oil in the pipe. 

ABBREVIATIONS 
CMP – control and management post  
LODS – liner operating dispatcher station 

PROBLEM STATEMENT 
To date, the Shukhov’s formula is used to calculate the 

steady-state temperature regime of the oil pipeline. The 
Shukhov’s formula is derived from the following more general 
unsteady equation [5,6]: 

𝜕𝑇

𝜕𝑡
= −𝑢

𝜕𝑇

𝜕𝑥
−

4𝐾

𝜌 𝐷𝐶
(𝑇 − 𝑇 → ) +

𝑓𝑢

2𝐷𝐶
(1) 

where  𝑇  is the core temperature of the oil flow, 𝑢 is the linear 
flow velocity, 𝑓 is the coefficient of hydraulic losses, 𝐷 is the 
inner diameter of the pipe, 𝜌  is the density of oil, 𝐶  is the 
specific heat capacity of oil, 𝑇 →  is the temperature of 
untouched soil, 𝐾 is the heat transfer coefficient from the oil 
flow to the environment.  

As you know, there is a so-called zone of heated soil that 
exists around the "hot" oil pipeline. The temperature of the soil 
of this zone is significantly influenced by the temperature 
regime of the oil pipeline: the higher the temperature in the oil 
in a constant mode, the higher the temperature of the pipe wall 
and the soil, the heated zone. 

The heat transfer from the oil flow to the environment is 
calculated based on their equality of heat flows going from the 
oil to the pipe wall, from the pipe wall to the insulation and 
from the insulation to the heated part of the soil. Therefore, the 
coefficient 𝐾 in the equation, by getting rid of the intermediate 
temperatures of the pipe layers during underground laying, is 
expressed as follows [7,8]: 

1

𝐾𝐷
=

1

𝛼 𝐷
+

1

2𝜆
𝑙𝑛

𝐷

𝐷
+

1

𝛼 𝐷
(2) 

where 𝛼  is the internal heat transfer coefficient, 𝛼  is the 
external heat transfer coefficient, 𝜆 , 𝐷 ,  𝐷  are, respectively, 
the thermal conductivity coefficient, the inner and outer 
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diameters of the i–th layer (pipe metal, insulation), 𝐷, 𝐷  are 
the inner and outer diameter of the pipeline. 

The internal heat transfer coefficient 𝛼  depends on the 
thickness of the wall zone (which in turn depends on the flow 
velocity 𝑢), on the core temperature of the oil flow 𝑇  and the 
temperature of the inner wall of the pipe 𝑇 . The external heat 
transfer coefficient 𝛼  depends on the temperature on the outer 
part of the insulation 𝑇 , the temperature of the untouched 
soil 𝑇 →  and the radius of the "warm-up" zone of the soil 𝐿  
[7,8]: 

𝛼 = 𝛼 𝑢, 𝑇 , 𝑇  
(3) 

𝛼 = 𝛼 (𝐿 , 𝑇 , 𝑇 → ) 

In practice, the values of the temperature of the inner wall 
of the pipe 𝑇 , the temperature of the outer surface of the 
insulation 𝑇  and the radii of the heated soil zone 𝐿  are 
unknown. In this regard, for practical calculations, the value of 
𝛼   is calculated according to the approximate Forchheimer-
Vlasov’s formula [7,8], the value of 𝛼  is determined based on 
the core temperature of the oil stream 𝑇  and the temperature 
of the untouched soil 𝑇 → : 

𝛼 = 𝛼 (𝑢, 𝑇 , 𝑇 → ) (4) 

The formulas for this dependence were selected 
experimentally with a steady flow of oil in the pipe, assuming 
that the values  𝑇 , 𝑇    and 𝐿  are uniquely determined 
based on the temperature of the oil flow 𝑇  and the 
temperature of the untouched soil  𝑇 → . Formulas of the form 
(3.4) in their works are given by V.V. Pshenin, A.A. Korshak 
[9,10].  

In reality, the values of 𝑇 , 𝑇  and 𝐿  also depend on the 
time variation of the values of 𝑢, 𝑇  and 𝑇 → . For example, 
with a sharp change in the flow velocity 𝑢 or the temperature of 
the oil flow 𝑇 , in the pipe, the temperature of the outer surface 
of the insulation 𝑇  may differ significantly for some time 
from the value it will acquire in steady-state mode, which will 
significantly affect the values 𝛼  and 𝛼   in transient mode. 

As practice shows, there is inertia in the behavior of the 
temperature field of the soil. After a sharp transition to 
pumping from a hot batch of oil to a colder batch, the soil 
around the pipeline will remain sufficiently heated for some 
time, a so-called "jacket" of soil is formed. Thus, oil in the 
transition mode will temporarily not cool down so much 
compared to the steady-state regime. The reverse situation is 
also true: after a sharp change of pumping of a cold batch of oil 
to a hotter batch, in the transition mode there will be more 
cooling of oil along the pipeline than in the steady-state mode 
(in which the ground around will already warm up). Thus, the 
inertia of the soil around can have an effect in non-stationary 
conditions in which the temperature of the oil flow changes. 

Considering the effect of the inertia of the soil around the 
pipeline in the calculations of the safe stop time will allow you 
to more accurately calculate the following parameters: 

- The possibility or impossibility of starting the oil pipeline, 
since the calculation of the oil temperature during cooling will 

consider the heated soil zone, which contributes to less cooling 
of the oil in the pipe after stopping; 

- The time to enter the constant mode, since when modeling 
the filling of the pipeline with hot oil, low temperatures in the 
adjacent soil zone will be considered as a result of the cooling 
process that has passed, which contributes to a longer heating 
time of the pipe and the exit of the hot pumping mode to the 
stationary.    

The proposed system of partial differential equations used 
for this model is shown below: 

𝜕𝑇

𝜕𝑡
= −𝑢

𝜕𝑇

𝜕𝑥
−

4𝛼

𝜌 𝐷𝐶
𝑇 − 𝑇 +

𝑓𝑢

2𝐷𝐶
,

0 ≤ 𝑥 ≤ 𝐿  
(5) 

𝜕𝑇

𝜕𝑡
=

𝜆

𝜌 𝐶

1

𝑟

𝜕

𝜕𝑟
𝑟

𝜕𝑇

𝜕𝑟
,       𝑟 < 𝑟 <  𝑟  (6) 

𝜕𝑇

𝜕𝑡
=

𝜆

𝜌 𝐶

1

𝑟

𝜕

𝜕𝑟
𝑟

𝜕𝑇

𝜕𝑟
,       𝑟 < 𝑟 <  𝑟  (7) 

𝜕𝑇

𝜕𝑡
=

𝜆

𝜌 𝐶

1

𝑟

𝜕

𝜕𝑟
𝑟

𝜕𝑇

𝜕𝑟
,       𝑟 < 𝑟 <  𝑟  (8) 

 
This model has the following boundary conditions: 

 𝑇 | = 𝑇  (9) 

 −𝜆
𝜕𝑇

𝜕𝑟
= 𝛼 𝑇 −  𝑇 = 𝛼 𝑇 − 𝑇  (10) 

 −𝜆
𝜕𝑇

𝜕𝑟
=  −𝜆

𝜕𝑇

𝜕𝑡
 (11) 

 𝑇 = 𝑇 =  𝑇 | = 𝑇  (12) 

 −𝜆
𝜕𝑇

𝜕𝑟
=  −𝜆

𝜕𝑇

𝜕𝑡
 (13) 

𝑇 =  𝑇 | =  𝑇 | = 𝑇  (14) 

 𝑇 | = 𝑇 →  (15) 

In the above expressions, the indices "o", "p", "ins", "s" 
denote variables that relate to oil, pipe wall, insulation and soil, 
respectively. The following values are entered for the variables 
themselves:  

- 𝑡 is the time variable; 
- 𝑥 is the variable of the location along the length of the 

pipeline; 
- 𝑟 is the variable of the location along the radius of the 

pipe section; 
- 𝑇 = 𝑇(𝑥, 𝑡) or 𝑇 = 𝑇(𝑟, 𝑡) is the temperature 

distribution of the substance ("o", "p", "ins", "s") along 
the pipeline or the radius of the pipe; 

- 𝑢 = 𝑢(𝑡) is the linear velocity of oil flow; 
- 𝑓 = 𝑓(𝑥, 𝑡) is the coefficient of hydraulic losses along 

the pipeline;   
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- 𝜆  is the coefficient of thermal conductivity of the 
substance ("o", "p", "ins", "s"); 

- 𝜌  is the density of the substance ("o", "p", "ins", "s") 
- 𝐶 is the specific heat capacity of the substance ("o", 

"p", "ins", "s"); 
- 𝐷 is the inner diameter of the pipe; 
- 𝛼 = 𝛼 (𝑥, 𝑡) is the distribution of the heat transfer 

coefficient from the oil flow to the inner wall of the 
pipe along the pipeline; 

- 𝑇 = 𝑇 (𝑡)  is the oil temperature at the 
beginning of the pipeline length; 

- 𝑇 . = 𝑇 . (𝑥, 𝑡) is the function of the temperature 
of the untouched soil; 

- 𝐿 is the length of the pipeline; 
- 𝑟  is the inner radius of the pipe; 
- 𝑟  is the outer radius of the pipe without considering 

the insulation thickness; 
- 𝑟  is the outer radius of the pipe, considering the 

insulation thickness; 
- 𝑟  is the radius of the heated soil zone around the pipe. 

Equation (5) is a modified version of the unsteady 
temperature field equation along the length of the pipeline. In 
contrast to the classical model (1), equation (5) considers the 
heat exchange of the oil flow with the inner wall of the pipe 
(and not with the surrounding soil). Equations (6) – (8) are the 
heat equations written in cylindrical coordinates relative to the 
radius of the pipe section. Equations (6) – (8) describe the 
processes of heat exchange of the inner wall of the pipe with 
the outer wall, the outer wall of the pipe with an insulating 
coating, an insulating coating with a heated soil zone. 
Equations (5) – (8) consider the entire chain of the thermal 
conduction along the radius of the pipe: from the core of the oil 
flow to the zone of untouched soil. Equation (5) also describes 
convection heat transfer (accounting for fluid transfer along the 
pipeline). 

Equations (5) – (6) are related by the value of the 
temperature on the inner wall of the pipe and also by the third-
type boundary condition (10) with respect to the heat flow from 
oil to the pipe wall due to the temperature drop (Newton's law 
of cooling). The coefficient 𝛼 = 𝛼 𝑢, 𝑇 , 𝑇  in equation (5) 
can be calculated using the well-known formulas of Mikheev 
M.A. [11]. Equations (6) – (7) and (8) – (9) are related by the 
fourth-type boundary conditions (11) – (12) and (13) – (14) for 
contact points 𝑟  and 𝑟 , since the heat flow passes through 
layers having different thermophysical characteristics. The heat 
equation of the heated soil (8) is related to the untouched soil 
through the first-type boundary condition (15).   

Thus, the proposed model (3, 5–15), in contrast to the 
classical one (1–2, 4), directly considers the change in ground 
temperature around the pipeline.  

RESULTS AND DISCUSSIONS 
Figure 1 illustrates the temperature behavior of the pipe and 

soil when the temperature of the pumped oil changes from 45 
°C to 20 °C. The calculation was made according to the model 
(3.5)–(3.15) with a given flow rate (1500 m3/h) and the 
temperature of the oil flow in the pipe. We will assume that the 

flow temperature in a given section is somehow regulated and 
maintained constant (for example, when the pipe section is 
located near the outlet of the direct fired reheater). Other 
calculation parameters: 𝐷 = 0.7m, 𝐷 = 0.71m, 𝐷 = 0.713m, 
𝜆 =1.5 W/(m*°C), 𝑇 → =5°C.  

 
a) 

 
b) 

Figure 1 – Time change in the temperature distribution along 
the pipe radius when the temperature of the pumped oil changes 

a) along the heated part of the soil, b) near the pipe wall 
 

Figure 1 shows temperature distributions along the radius 
from the pipe axis: from the wall layer of the oil flow to the 
zone of untouched soil – on two scales: temperature distribution 
to the zone of untouched soil (Fig. 1, a) and temperature 
distribution near the pipe wall (Fig. 1, b). The blue curve 
indicates the temperature distribution under steady–state 
conditions with an oil flow temperature of 45 °C, the green 
curve - with an oil flow temperature of 20 °C. The red curves 
show the temperature distribution in the transition period when 
the flow temperature changes from 45 to 20 °C for different 
time periods: a less bright shade of the red line means a longer 
time interval after the flow temperature changes. Figure 1, a, 

0

5

10

15

20

25

30

35

40

45

50

0.34 0.84 1.34 1.84
T

em
p

er
at

u
re

, °
C

Distance from pipe axis, m

Steady state, T=45 °C
Afrer 3 hours
After 6 hours
After 12 hours
After 1 day
After 2 days
After 3 days
After 5 days
After 8 days
After 13 days
Steady state, T=20 °C

0

5

10

15

20

25

30

35

40

45

50

0.34 0.35 0.36 0.37 0.38 0.39

T
em

p
e

ra
tu

re
, °

C

Distance from pipe axis, m

oil pipe wall ins.                      soil

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 637 of 1061



    

shows the boundaries of the sections of materials: oil (boundary 
layer), pipe metal, pipe insulating coating and ground mass. 

As can be seen from Figure 1, the soil near the pipe wall 
warms up quite well: the temperature difference with the oil 
flow can be only 2-5 °C. Further, as the distance from the pipe 
wall increases, the soil temperature drops sharply to the 
temperature of the untouched soil (Fig. 1, a). At a given flow 
rate, oil flows in a turbulent mode, according to Figure 1 b, it 
can be seen that in this case, the temperature gradient in the 
boundary layer of the oil flow is insignificant. Due to the high 
thermal conductivity of the metal, the temperatures of the outer 
and inner metal wall of the pipe practically coincide. 

As the above calculation showed, when the temperature of 
the oil flow changes, the redistribution of the soil temperature 
occurs smoothly (Fig. 1, a): when the temperature of the oil 
flow changes from 45 to 20 ° C, it took a little more than 10 
days for the distribution of the soil temperature to acquire its 
final form. The most dramatic redistribution of ground 
temperature occurs in the first day and begins with the zone 
adjacent to the pipeline. The further the soil zone is from the 
pipe, the later the temperature redistribution occurs there. Near 
the pipe wall, the temperature of the adjacent soil for the first 
day is even higher than the temperature of the pumped oil 
(Fig.1, b), which confirms the effect of "warmed soil" heated 
during the previous hotter regime. 

Thus, the results obtained indicate a significant inertia of the 
temperature behavior of the soil near the pipeline. It is obvious 
that in non-stationary modes of "hot" pumping, this behavior of 
the soil will noticeably affect the heat transfer of oil to the 
environment and, as a consequence, the temperature of oil in 
the pipe. 

 
Figure 2 – Time change in oil temperatures at the ends of the 

pipeline with a short-term change in the initial temperature 
 

Figure 2 illustrates the difference in oil temperatures at the 
end of the pipeline’s section, calculated considering and 
without considering the inertia of the temperature behavior of 

the soil, with a short-term (for 2 days) change in the initial oil 
temperature from 50 to 30 ° C and back (green graph) with a 
constant oil consumption of 2000 m3/h. For example, in 
practice, this can happen when the heating mode is changed to 
the OHS. Other calculation parameters: 𝐿 =100 km, 𝐷 =0.7 m, 
𝐷 =0.71 m, 𝐷 =0.713 m, 𝜆 =1.5 W/(m*°C), 𝑇 → =5 °C. 
The final temperatures without considering the inertia of the 
soil are calculated according to the equations (1-2, 4) and are 
shown by a red dotted line. The final temperatures, considering 
the inertia of the soil, are calculated according to the equations 
(3, 5-15) and are shown by a solid brown line. The batch of oil, 
which at the beginning of the section had a temperature of 30 
°C (hereinafter the unheated batch), was pumped at the initial 
station from the 4th to the 6th day and arrived at the final 
station from about the 5th to the 7th day. 

The results of the above calculation show that with a 
sufficiently steady regime according to the 2nd model, the same 
final oil temperatures are given (see 0-4 and 17-20 days), 
however, there is a significant difference with transient 
regimes. Calculation by model (3, 5-15) shows that an unheated 
batch arrives at the terminal station with a less cooled 
temperature (in the period of 5-7 days). This difference is 
especially noticeable at the beginning of the arrival of the 
batch: in the first hours of arrival, the unheated batch has a 
temperature even higher than the initial one. Further, as the 
unheated batch continues to arrive, its temperature gradually 
drops, tending to the temperature calculated without 
considering the inertia of the soil. Then, when a warmed-up 
batch begins to arrive at the final station (starting from 7 days), 
the temperature at the end of the site begins to rise smoothly, 
tending to the temperature calculated without considering the 
inertia of the soil. 

Thus, the obtained calculation results show the influence of 
the inertia of the temperature behavior of the soil on the cooling 
process of oil as it moves through the pipeline. The regime of 
oil shipments heated to 55 °C, which was stared at, created a 
heated soil zone (a "jacket" of soil) around the pipeline. After 
changing the heating mode, the unheated batch of oil cooled 
down less, since it flowed in the environment of the already 
warmed-up "shirt" of the soil, but at the same time the "shirt" of 
the soil gradually cooled down. Further, after the second 
change of the heating mode, the new heated batch of oil flowed 
in the environment of the already partially cooled "jacket" of 
the soil, so at first its final temperature was lower than its 
previous final temperature before the first regime change. 
Later, as the "shirt" of the soil warmed up again, the final 
temperature of the heated batch became the same as before the 
first change of the heating mode. 

Figure 3 illustrates the difference in oil temperatures at the 
end of the section, calculated with and without considering the 
inertia of the temperature behavior of the soil, during and after 
stopping the pipeline at a constant flow rate (before and after 
stopping) of 2000 m3/h and oil temperature of 50 ° C at the 
initial station. Other calculation parameters: 𝐿 =100km, 
𝐷 =0.7m, 𝐷 =0.71m, 𝐷 =0.713m, 𝜆 =1.5 W/(m*°C), 
𝑇 → =5°C. The final temperatures without considering the 
inertia of the soil are calculated according to the equations (1–
2, 4) and are shown by a red dotted line. The final temperatures, 
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considering the inertia of the soil, are calculated according to 
the equations (3, 5–15) and are shown by a solid brown line. 
The pipeline is stopped for 72 hours from the 4th to the 7th day. 
In the period from 7 to 7.8 days, the cooled oil that was in the 
pipeline during the shutdown is displaced. Starting from 7.8 
days, heated oil arrives at the terminal station from the moment 
of launch. From this moment on, the final temperature 
continuously increases, tending to the value that was before the 
stop. 

 
Figure 3 – Time change in oil temperature at the end of the 

section when the pipeline is stopped and then started. 
 

Thus, the obtained calculation results show the influence of 
the inertia of the temperature behavior of the soil on the cooling 
process of oil during the pipeline shutdown and on the process 
of entering a constant mode during startup. During the 
shutdown, the cooling rate of the oil will be significantly less 
due to the heated "jacket" of the soil. However, during the start 
of the oil pipeline, its temperature field will take noticeably 
longer to reach a constant mode, since for this it is necessary to 
reheat the already cooled "jacket" of the soil.     

Determination of the soil thermal conductivity 
To simulate the modes of hot pumping of an oil pipeline, a 

correct calculation of the heat transfer of oil to the surrounding 
soil is required. For this calculation, it is necessary to determine 
the values of the thermal conductivity of the pipeline soil as 
accurately as possible. 

Using model (1-2, 4) and the proposed model (3, 5-15), 
values of soil thermal conductivity of real pipeline segments 
were identified. For the oil pipeline temperature field equation, 
the readings of oil flow, ground temperatures and oil 
temperatures at the beginning of the section served as initial 
data. In the course of calculations for the selection of the 
thermal conductivity of the soil of the site, the actual oil 
temperature readings at the end of the site were used for 
comparison with the oil temperatures obtained as a result of 
solving the equations according to the model (1-2, 4) and 
according to the model (3, 5-15). Soil thermal conductivities 
were identified using following criteria: 

𝑇 − 𝑇 → 𝑚𝑖𝑛 

where n is amount of actual data distributed by time, 𝑇 , 𝑇  
are actual value and calculated value of oil temperature on the 
end of pipeline segments for 𝑖-th time moment.  Values 𝑇  
were calculated using model (1-2, 4) or the proposed model (3, 
5-15). 

Figure 4 shows the calculated final oil temperatures (red 
curves) based on the actual data of the initial temperature 
(green curve) and flow rate (gray curve) in comparison with the 
actual final temperature (blue curve) with the selected thermal 
conductivity of the soil of the site. The values of the final 
temperatures calculated without considering the inertia of the 
soil are shown by a dotted curve, considering the inertia of the 
soil – a solid curve.  Figure 4 shows data on the example of the 
section of the LODS “B. Chagan”– CMP 63 (the Uzen-Atyrau-
Samara oil pipeline, 1150 km – 1188 km) from February to 
April 2020. As can be seen from Figure 4, when the thermal 
regime of the pipeline changes (a change in heating 
temperature, a sharp change in performance, pipeline 
shutdown), the final temperatures calculated without 
considering the inertia of the thermal field of the soil have large 
discrepancies with the actual data: the differences may be more 
than 5-7 °C. (especially big differences during the pipeline 
shutdown). The calculated temperatures for both models may 
have discrepancies during periods in which the flow rate in the 
pipeline is unknown.  The final temperatures calculated 
considering the inertia of the thermal field of the soil have good 
convergence with the actual data, which indicates the 
correctness of using the equations (3, 5–15) for further 
calculations of the start and stop of the pipeline. 
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Figure 4 – Actual and calculated time values for oil 
temperature for pipeline section LODS "B. Chagan" – CMP 63  

CONCLUSION  
In order to more accurately calculate oil temperature along 

pipeline while non-stationary pumping regimes (including the 
cooling process of oil in the pipeline after the shutdown), the 
model for calculating was complicated. The proposed model (3, 
5-15) considers the inertia of soil temperature field near 
pipeline. Consequently, the proposed model take into account 
the effect of time changes in the temperature field of the heated 
soil directly near the pipe on the cooling of the pipeline.   

This article describes behavior of temperature field near 
pipeline that is computed using proposed model. Comparing 
with the well-known model (1-2, 4), the proposed model (3, 5-
15), demonstrates not only quantitative differences, but also 
qualitative differences in the change in oil temperatures in the 
pipe by time.  The equations (3, 5-15) can be used to determine 
the thermal conductivity of a pipeline section if values of oil 
flow rate, oil and soil temperatures are known. The output oil 
temperature values for the model were compared with the 
actual data of real pipeline regimes. The results showed good 
agreement with the actual data. It can indicate the correctness 
of the proposed model in modeling and simulations of 
processes of oil transportation via main pipelines. 
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ABSTRACT
Precursor solutions are used to produce nanoparticles through

flame spray pyrolysis (FSP). In FSP, the precursor solution is in-
jected, followed by breakup, atomization, droplet evaporation,
combustion, and formation of nanoparticles from the gas phase.
The present study concerns the modeling and numerical simula-
tion of the heating, evaporation, and thermal decomposition of
a single droplet consisting of iron(III) nitrate nonahydrate (INN)
and ethanol in hot convective air. If the ambient gas temperature
is beyond the thermal decomposition temperature of the INN, the
iron(III) nitrate undergoes thermal decomposition into the gas
phase from where the nanoparticles are produced, which, how-
ever, is not part of the present study. A parameter study is con-
ducted by varying the initial droplet radius, the relative velocity
between the droplet and the ambience, the ambient gas tempera-
ture, and the mass fraction of the precursor in the solution. At an
ambient gas temperature of 800 K, the vaporization is slow com-
pared to an ambient gas temperature of 1200 K, and a relatively
low droplet surface temperature prevails. This causes a pro-
longed time for the thermal decomposition step which is of Ar-
rhenius type. In this situation, a considerable part of the droplet
lifetime is dominated by the thermal decomposition whereas at
the higher ambient temperature, a quick thermal decomposition
occurs, leading to shorter droplet lifetimes. Thus, the increase in
the ambient gas temperature leads to a faster total process time
if a certain value T+ of the ambient temperature is exceeded.
In technical processes of FSP, a higher ambient gas temperature
than T+ should be considered in order to assure that the precur-
sor solution droplet is completely transferred into the gas phase
so that complete combustion can occur. It is interesting to see
that T+ does not depend on the initial droplet radii under con-
sideration. However, T+ is higher for higher relative velocity
and for higher initial INN mass fraction, for which evaporation
is enhanced and thermal decomposition is retarded because of
the lower droplet surface temperature that prevails under these
conditions.

NOMENCLATURE

d [m] droplet diameter
E [kJ/mol] activation energy
k [1/s] kinetic rate constant
ṁ [kg/s] mass evaporation rate
n [-] reaction order
p [N/m] static pressure
rd [m] droplet radius
R [J/(mol K)] universal gas constant
t [s] time
T [K] temperature
u [m/s] velocity
Y [-] mass fraction

Special characters
α [-] normalized mass
τ [s] process time

Subscripts
0 initial value
tot total
g gas
l liquid
s surface of the droplet
th thermal decomposition
v vapor

INTRODUCTION
Recently, nanoparticle synthesis has been garnering signifi-

cant attention. In particular, flame spray pyrolysis (FSP) is one
of the most promising methods to produce nanoparticles with
particular properties. In FSP, a liquid precursor solution using
a liquid fuel as solvent, is injected, and, after breakup and at-
omization, results in the formation of droplets. These droplets
are transformed into the gas phase, where they undergo com-
bustion, and nanoparticles are formed. Therefore, an excellent
understanding of the behavior of the precursor solution droplet is
significant in controlling the production of nanoparticles [1].

The influence of the precursor concentration in the liquid
on the evaporation process was investigated via detailed phase
doppler anemometry (PDA) in the SpraySyn burner [2] for the
precursor solution system of INN in 2-ethylhexanoic acid or in
ethanol [1], where faster evaporation rates for the precursor con-
taining spray flames in comparison to the pure solvent spray
flames was identified. An experimental investigation of the pro-
duction of iron oxide nanoparticles in a standardized SpraySyn
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burner system [2] used two precursor formulations, the first one
is INN and ethanol and the second is INN and a mixture of
ethanol and 2-ethylhexanoic acid. It is found that the gas-to-
particle and the droplet-to-particle pathways may coexist [3], de-
pending on the ambient gas temperature.

The liquid spray breakup and evaporation, mixing, combus-
tion, and particle formation/growth of silica nanoparticles were
numerically studied for a simplified annular burner [4]. The
computed particle number density and the volume fraction of
the nanoparticles compared well with CFD results [5]. Neto
et al. [6] numerically investigated the formation of zirconium
dioxide nanoparticles from a solution of zirconium n-propoxide,
ethanol, and propanol via FSP, and they found that the number
of primary particles per agglomerate showed good agreement
with experimental data obtained through transmission electron
microscopy (TEM) with an accuracy of 90 % .

There are only a few numerical studies where the processes
of droplet evaporation and thermal decomposition were coupled.
Widiyastuti et al. [7] investigated the formation of zirconia parti-
cles via spray pyrolysis and concluded that the determination of
the final particle size is influenced by both the evaporation and
the decomposition processes, but the INN/ethanol system has not
yet been investigated. For ambient temperatures lower than the
decomposition temperature, the final particle size was found to
be larger than that for temperatures higher than the decomposi-
tion temperature. This is in agreement with a study by Narasu
et al. [8] for INN/ethanol droplets in both dry and humid con-
vective air. They recommended to avoid the droplet-to-particle
route, since it leads to the formation of large particles that are to
be avoided in spray flame synthesis.

An earlier investigation by Narasu et al. [8] used the same
precursor solution system with a INN loading up to mass frac-
tions of 0.025. The focus of the previous study was the droplet-
to-particle route, where thermal decomposition does not occur.
Moreover, the influence of humidity of the ambient air on the
process at higher ambient temperatures was investigated. In the
present study [9], initial INN mass fractions up to 0.200 are in-
vestigated which are more realistic in FSP [2].

MATHEMATICAL MODEL
The model concerns the heating, evaporation, and thermal de-

composition of a single droplet consisting of the precursor so-
lution of INN and ethanol in hot convective air at atmospheric
pressure. If the temperature at the droplet surface during the
droplet evaporation process is below the thermal decomposition,
Tth of the INN, the iron(III) nitrate particle is formed [8] directly
in the liquid. Otherwise, the thermal decomposition of iron(III)
nitrate occurs, and the precursor solution droplet is completely
transferred into the gas phase, which is the focus of the present
investigation.

The key assumptions in the model are that the droplet is spher-
ical all the times, the solubility of air in the liquid is negligi-
ble, mass diffusion due to temperature and pressure gradients is
negligible, the gas phase is in a quasi-steady state, the droplet
evaporates in a non-reacting inert environment, and the heat

transfer due to radiation is negligible [10]. Also, the precur-
sor solution is treated as ideal due to the unavailability of the
activity coefficients of the INN/ethanol mixture. Low droplet
Reynolds numbers up to about twenty are considered to ensure
that there is neither inner recirculation of the droplet nor flow
separation in the wake of the droplet. The droplet heating and
evaporation are described using the distillation-limit model and
the rapid-mixing model, respectively, for low thermal and mass
Peclet numbers [11]. Therefore, there is no spatial resolution
of the droplet interior. The governing equations for the convec-
tive droplet heating and evaporation are formulated based on the
study of Abramzon and Sirignano [12] with an extension for mul-
ticomponent droplets [10].

In the model, the INN is considered to consist of the two com-
ponents iron(III) nitrate and water. Thus, there are three compo-
nents in the precursor solution droplet. If the surface temperature
attained by the droplet surface exceeds the thermal decomposi-
tion temperature Tth of 403 K of the INN, the iron(III) nitrate
thermally decomposes into iron(III) oxide (Fe2O3) and dinitro-
gen pentoxide (N2O5).

The global reaction of INN into the gas phase yields [8]

2 [Fe(NO3)3.9H2O]→ Fe2O3(v)+6NO2(v) (1)
+ 1.5O2(v)+18H2O(v),

where additionally, the evaporation of water and that of the
ethanol must be considered

H2O(l) ⇀↽ H2O(v) (2)
C2H5OH(l) → C2H5OH(v). (3)

The reaction rate for the decomposition of iron(III) nitrate

2Fe(NO3)3→ Fe2O3 +3N2O5 (4)

is determined in terms of α = 1− YIN,t
YIN,0

as [13]

dα

dt
= kth(1−α)n, (5)

where YIN,t is the mass fraction of iron(III) nitrate at time t and
YIN,0 denotes the initial mass fraction of iron(III) nitrate. The
reaction order is n = 2/3 and kth denotes the kinetic rate constant
of the thermal decomposition

kth = k0e−E/(RT ), (6)

where the pre-exponential factor k0 equals 2.60× 1044 s−1, the
activation energy E is 376.97 kJ/mol, R represents the universal
gas constant, and T denotes the temperature.

The thermophysical properties used in the model and the so-
lution procedure of the equations are provided by Narasu et al.
[11, 8].
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RESULTS AND DISCUSSION
The study concerns the impact of varying the initial precur-

sor loading, the ambient gas temperature, the relative velocity
between the gas and the liquid as well as the initial droplet size
on the heating, evaporation, and thermal decomposition charac-
teristics of a single INN/ethanol precursor droplet. The initial
precursor mass fractions of the droplet are chosen following the
experiments of Schneider et al. [2] as 0.0125, 0.025, and 0.02,
where the ratio of water and IN is 4:6. However, there are nei-
ther experimental nor modeling results of this system so that a
validation is not possible. The bi-component heating and evapo-
ration model has been validated for ethanol/water single droplets
in convective air [11], but the thermal decomposition model has
not been used so far.

Figure 1 provides an overview of the total process. The pro-
files of the gas temperature and the species mass fractions at the
droplet surface for the INN/ethanol droplet of initial droplet ra-
dius of 5 µm with a relative velocity of 4 m/s at ambient tem-
peratures of 1200 K (top) and 800 K (bottom) are displayed. Ini-
tially, the droplet heats up and the droplet surface temperature in-
creases followed by the quasi steady evaporation process during
which the preferential evaporation of the ethanol occurs due to
its higher volatility compared to water, and the mass fraction of
water inside the droplet increases. Towards the end of the quasi-
steady evaporation, a major increase of the droplet surface tem-
perature occurs that causes the complete evaporation of ethanol

 0

 0.1

 0.2

 0.3

 0.4

 0.5

 0.6

 0.7

 0.8

 0.9

 1

 0  0.05  0.1  0.15  0.2  0.25  0.3  0.35
 250

 300

 350

 400

 450

 500

Ts

C2H5OH(l)

Fe(NO3)3(s)

H2O(l)

C2H5OH(v)

H2O(v)

Fe2O3

N2O5(v)

Y
s
  
[-

]

T
s
 [
K

]

t [ms]

 0

 0.1

 0.2

 0.3

 0.4

 0.5

 0.6

 0.7

 0.8

 0.9

 1

 0  1  2  3  4  5  6  7  8  9  10 11
 250

 300

 350

 400

 450

 500

Ts

C2H5OH(l)

Fe(NO3)3(s)

H2O(l)

C2H5OH(v)
H2O(v)

Fe2O3

N2O5(v)

Y
s
  
[-

]

T
s
 [
K

]

t [ms]

Figure 1: Species mass fractions and droplet surface tempera-
ture with time. Initial conditions: rd,0 = 5 µm, Tl,0 = 293.15 K,
p = 1 bar, u0 = 4 m/s, YC2H5OH,0 = 0.80, YH2O,0 = 0.08,
YIN,0 = 0.12. Top: Tg,0 = 1200 K. Bottom: Tg,0 = 800 K.
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Figure 2: Top: Normalized droplet surface area with time. Bot-
tom: Mass evaporation rates and droplet surface temperature
with time. Initial conditions: rd,0 = 5 µm, Tl,0 = 293.15 K,
p = 1 bar, u0 = 4 m/s and 8 m/s, Tg,0 = 1200 K and 800 K,
YC2H5OH,0 = 0.80, YH2O,0 = 0.08, YIN,0 = 0.12.

and water. Once the surface temperature attained by the droplet
exceeds the thermal decomposition temperature of 403 K, the
iron(III) nitrate decomposes and is transferred into the gas phase.
Thermal decomposition occurs at a constant temperature which
is determined when the droplet evaporation is completed. To-
wards the end of the droplet lifetime, thermal decomposition
is the only process left. At the higher ambient temperature of
1200 K, see top part of Fig. 1, the overall process is faster due
to the higher heat transfer rate between the hot ambience and the
droplet, which increases the final droplet temperature by more
than 30 K compared to the lower ambient temperature of 800 K,
cf. bottom part of Fig. 1. Therefore, vaporization is the dominant
process at higher gas temperature of 1200 K whereas thermal de-
composition dominates at 800 K, which results in a considerable
difference in the overall process times.

The evaporation process is further explored in Fig. 2, which
displays the heating and evaporation characteristics for a single
INN/ethanol droplet of initial droplet radius of 5 µm at relative
velocities of 4 m/s (dark colors) and 8 m/s (light colors) for an
initial INN mass fraction of 0.200 at ambient gas temperatures
of 800 K (solid lines) and 1200 K (dashed lines). The top part
of Fig. 2 presents the normalized droplet surface area and the
bottom part that of the droplet surface temperature and the mass
evaporation rates of ethanol and water with time. Initially, the
droplet expands due to the heating of the droplet, which reflects
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Figure 3: Top: Rate coefficient of the thermal decomposition
kth, versus temperature and final droplet surface temperatures for
various initial conditions. Bottom: Zoomed view.

Figure 4: Total process times for different initial droplet radii
and initial INN mass fractions of 0.0125 (blue), 0.025 (red), and
0.200 (green). Initial conditions: Tl,0 = 293.15 K, p = 1 bar,
Tg,0 = 800 K. Top: u0 = 4 m/s. Bottom: u0 = 8 m/s.

the variable thermophysical properties of the liquid, in particular
that of the liquid density. The higher volatility of ethanol com-
pared to water leads to both earlier and faster vaporization rates
shown in the bottom part of Fig. 2. The higher relative velocity
initially leads to a faster evaporation of both components, but the
reduced final droplet surface temperature by about 10 K causes
a retardation of the vaporization. Overall, the vaporization pro-
cess is faster for the higher relative velocity which is typical for
single-droplet vaporization processes [14]. The impact of the
droplet vaporization characteristics on the thermal decomposi-
tion will be analyzed next.

Figure 3 displays the exponential temperature dependence of
the kinetic rate coefficient (solid line) of the thermal decomposi-
tion and the final droplet surface temperature Ts for the different
initial conditions under investigation. Note that the bottom part
of the figures is a zoom of the upper part to better resolve the
low-temperature region. At the higher ambient temperature of
1200 K (small symbols), Ts is higher compared to the ambient
temperature of 800 K (large symbols) which is due to the in-
creased heat transfer rate between the ambience and the droplet.
The droplet evaporates faster at the higher relative velocity (open
symbols), but results in a lower Ts and thus in longer thermal
decomposition times compared to these for the lower ambient
velocity (filled symbols). For higher initial INN mass fractions,
vaporization is faster for fixed initial droplet size, but a lower Ts
is reached, leading to the prolongation of the thermal decompo-
sition. Larger droplets vaporize slower and a lower Ts is attained,
prolonging the thermal decomposition.

Figure 5: Total process times for different initial droplet radii
and initial INN mass fractions of 0.0125 (blue), 0.025 (red), and
0.200 (green). Initial conditions: Tl,0 = 293.15 K, p = 1 bar,
Tg,0 = 1200 K. Top: u0 = 4 m/s. Bottom: u0 = 8 m/s.
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Figure 6: Contribution to the total process times for different
initial INN mass fractions of 0.0125 (blue), 0.025 (red), and
0.200 (green). Initial conditions: rd,0 = 25 µm, Tl,0 = 293.15 K,
p = 1 bar. Top: u0 = 4 m/s. Bottom: u0 = 8 m/s.

In summary, the vaporization process determines the final
droplet surface temperature which strongly affects the ther-
mal decomposition with its exponential temperature dependence.
Thus, the influence of vaporization and thermal decomposition
on the total process times vary for different initial conditions,
which is explored next.

Figures 4 and 5 display the total process times, τtot, for
the three different initial mass fractions of INN, YINN,0 of
0.0125 (blue), 0.025 (red), and 0.20 (green), at relative veloc-
ities of 4 m/s (top) and 8 m/s (bottom), for both ambient gas
temperatures of 800 K and 1200 K, respectively. The total pro-
cess times increase with larger initial droplet radii due to the
prolonged droplet heating time and reduced final surface tem-
peratures, which prolongs the thermal decomposition process.
At the higher ambient gas temperature, the process times are
shorter because of the increased heat transfer rates, which re-
sult in higher droplet surface temperatures. At the lower ambient
temperature of 800 K, as the relative velocity is increased, the
process of evaporation is enhanced, which results in a reduced
final droplet surface temperature, and thus prolongs the total pro-
cess time. However, at the ambient temperature of 1200 K, the
overall process time is reduced at the higher relative velocity for
initial INN mass fractions of 0.0125 and 0.025, see Fig. 5, be-
cause of the dominant vaporization process. In case of the higher
initial mass fraction of INN of 0.20, because of the lower tem-
peratures reached at the droplet surface, see Fig. 3, the thermal
decomposition process is slowed down which slightly increases
the overall process time.

At the ambient temperature of 800 K, see Fig. 4, for higher
initial INN mass fractions, the overall process time is prolonged
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Figure 7: The ambient temperature at which reversed behavior
occurs, T+, versus relative velocity for different initial INN mass
fractions. Initial conditions: Tl,0 = 293.15 K, p = 1 bar.

compared to the lower initial INN mass fractions. But, at higher
ambient temperature of 1200 K, see Fig. 5, this effect is reversed,
which indicates that there exists an intermediate temperature,
T+, at which the reversal between these effects occur. Since the
overall process time associated with the droplet heating, evap-
oration, and thermal decomposition, plays an important role in
determining the global process time of the nanoparticle synthesis
via FSP, the evaluation of the value of T+ would be decisive for
the selection of the conditions in FSP, which is discussed next.

Figure 6 shows the total process times along with the droplet
evaporation times (filled part of the colum) and the thermal de-
composition times (shaded part), for an INN/ethanol droplet
of initial radius 25 µm at relative velocity of 4 m/s for the
initial INN mass fractions of 0.0125 (blue), 0.025 (red), and
0.20 (green), at different ambient gas temperatures. Note that
the vaporization and thermal decomposition overlap somewhat,
which, however, is not visible in the present visualization [8].
T+ is evaluated to be approximately 1010 K for initial INN mass
fractions of 0.0125 and 0.025, about 1050 K for INN mass frac-
tions of 0.0125 and 0.20, and 1060 K for INN mass fractions of
0.025 and 0.20. The reason for the differences in T+ is the dif-
ferent final droplet surface temperatures and the exponential tem-
perature dependence of the thermal decomposition as discussed
above, see Fig. 3. At the higher ambient temperature, for all
the precursor loadings, the droplet vaporization time is reduced
compared to the lower ambient temperature situation, which is
due to the increased heat transfer rate from the gas to the droplet,
causing the droplet surface to reach higher temperatures and thus
reducing the thermal decomposition process time. Also, increas-
ing the initial precursor loading enhances the vaporization pro-
cess, which leads to reduced final droplet surface temperature,
and therefore, slows down the thermal decomposition. At the
higher relative velocity of 8 m/s, see bottom part of Fig. 6, the
droplet evaporation times are reduced and the thermal decom-
position times are prolonged because of the lower final droplet
surface temperatures as discussed above, see Fig. 3. Thus, at a
relative velocity of 8 m/s, T+ for the different precursor loadings
considered is higher than that at lower relative velocity of 4 m/s.

The variation of T+ for different initial INN mass fractions
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at relative velocities of 4 m/s and 8 m/s is shown in Fig. 7. At
both relative velocities, increasing the precursor loading results
in higher T+ values, due to the faster evaporation process causing
lower final droplet surface temperatures and reaction rate coeffi-
cients of the thermal decomposition, which prolongs the thermal
decomposition process more than that for the smaller initial INN
compositions. However, T+ increases by about 100 K when the
relative velocity is 8 m/s compared to 4 m/s.

SUMMARY AND CONCLUSION
The numerical simulation of the heating, evaporation, and

thermal decomposition of single INN/ethanol precursor droplets
is performed, with the objective of understanding the parame-
ters that play a significant role in determining the overall process
characteristics of the single droplet in view of flame spray py-
rolysis. A parameter study is performed to study the influence
of different process parameters on the vaporization and thermal
decomposition of single INN/ethanol droplets in hot convective
air.

The overall process is dominated by the droplet heating and
evaporation at an ambient temperature of 1200 K, whereas at a
lower ambient gas temperature of 800 K, thermal decomposition
is the dominating factor. The reason for this is the differences
in the final temperatures reached at the droplet surface during
the evaporation process, which are considerably lower for the
lower ambient gas temperature, slowing down the exponentially
temperature-dependent thermal decomposition process. Increas-
ing the initial precursor loading causes the droplets to evaporate
faster and lower final temperatures are attained at the droplet sur-
face, prolonging the thermal decomposition time.

At the higher ambient temperature of 1200 K, the overall pro-
cess time is reduced as the initial precursor loading is increased,
whereas at lower ambient temperature of 800 K, this effect is
reversed. Between two specific precursor compositions, this be-
havior occurs at the same ambient gas temperature, T+, and is
independent of the choice of the initial droplet radius considered
in this work. As the relative velocity is increased from 4 m/s to
8 m/s, T+ increases by about 100 K.

Since the droplet evaporation and thermal decomposition
times contribute to the overall process time during the nanoparti-
cles synthesis, the information on T+ is decisive in choosing the
conditions for FSP. Thus, it is recommended to select an ambi-
ent temperature well above T+ to ensure that the overall process
times are short.
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ABSTRACT 
Demanding size and response time requirements imposed to 

ORC based micro-CHP systems, attempting to retrofit wall-

hang domestic combi-boilers, suggests that the vaporization of 

the organic fluid should be done directly by the combustion 

gases. The evaluation of the risk that this option may put to the 

organic fluid thermal degradation requires the determination of 

the temperature of the heat-transfer surfaces with which the 

organic fluid is in contact. As its experimental measure is 

extremely difficult to accomplish, such determination requires 

the development of a detailed physical model of the combustion 

and heat-transfer processes in the ORC-evaporator. 

The development, calibration, and validation of such a 

model is presented in this paper. This model will allow a 

detailed evaluation of several key features of the combustion 

and heat-transfer processes as a function of some ORC 

operating parameters. Among those features is the temperature 

of the internal surface of the tubes with which the organic fluid 

is in contact. This temperature, which can be used to assess the 

risk of the thermal degradation of the organic fluid, has shown 

to be highly affected by the thermal resistances and by the 

combustion gases temperature. To reduce that risk, the 

operating conditions of the ORC should be those allowing the 

vaporization process to start as early as possible and reducing 

the superheating phase to the minimum possible. 

INTRODUCTION 
Given the huge dimension of its potential market and the 

expected economic and environmental benefits associated to its 

use, the research and development activities on domestic scale 

combined heat and power systems (CHP) have increased over 

the last two decades [1–3]. For the particular case of the 

systems that are attempting to retrofit the current wall-hang 

combi-boilers, the most promising solutions involve the use of 

an Organic Rankine Cycles (ORC) [4,5]. Furthermore, due to 

the extremely demanding requirements imposed on these 

systems, especially in what refers to the (short) response time 

and (small) dimensions, it is suggested that the vaporization of 

the working fluid of the ORC should be done using the high-

temperature combustion gases directly [6]. One of the major 

risks associated with this option is the thermal degradation of 

the organic working fluid [7–9].  

NOMENCLATURE 

[kPa] Pressure 

[ ] Thermal power 

[ ] Volume flow rate 

[ ] Molar fraction of H2O in air 

[ ] Mass flow rate 

[ ] Temperature 

[-] Calibration factor 

[ ] Organic fluid superheating degree 

Subscripts 

Working fluid 

EHE Organic fluid heat exchanger 

NG Natural gas 

PH Post-heater 

The high temperature that these fluids may reach when in 

contact with the heat transfer surfaces can lead to the disruption 

of the chemical bonds of its molecules and to the subsequent 

degradation of its physical properties. In an attempt to 

minimize this problem, ORC based micro-CHP systems may be 

reconfigured into a hybrid arrangement in which the 

combustions gases are firstly cooled in a combustion gases-

water heat-exchanger before crossing through the organic fluid 

heat-exchanger [10]. Even so, the evaluation of the magnitude 

of this problem demands the calculation of the heat-transfer 

surfaces’ temperature with which the organic fluid will be in 

contact. That risk will be minimum if the temperature of those 

surfaces is kept below the one of thermal degradation. This 

limiting temperature, however, is normally determined by 

standard tests where the fluid is at rest and in thermal 

equilibrium with the wall of its container [11–14]; a quite 

different situation from what happens in real working 

conditions. Besides the bulk temperature of the organic fluid at 

the exit of the evaporator (a well-known parameter since it is 

easy to measure and required for the evaluation of the cycle 

efficiency), it is also important to know the temperature of the 

heat-transfer surfaces with which the fluid is in contact. 

Contrary to the organic fluid temperature, this is very difficult 

to measure but it can, and should, be controlled. Despite its 
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importance, the heat-transfer surface temperatures are rarely 

measured or calculated. Since its direct measure is very 

difficult, as are those of any tubes’ internal surface, the only 

option left is its calculation. That, however, is far from being 

trivial as it results from the mutual dependency of the internal 

and external heat-transfer mechanisms and demands for the 

development of an appropriated heat-transfer model. The 

development of such model, that is crucial for the 

determination of the operation conditions that should keep the 

risk of thermal degradation of the organic fluid at an acceptable 

level, however, is not yet described in the literature.  

Acknowledging that the thermal degradation of the organic 

fluid is the key feature opposing to the use of direct 

vaporization in ORC based micro-CHP systems, the main 

objective of this paper is to show how the operating conditions 

of those systems (e.g., the organic fluid mass flow rate or the 

natural-gas burner combustion power) affect the organic fluid 

vaporization process and the temperatures of the heat-transfer 

surfaces. These are compared to the temperature limits 

referenced in the literature to evaluate the risk of organic fluid 

thermal degradation. This will be illustrated on a particular 

ORC-evaporator design, but the analysis will be kept as general 

as possible. Given the importance that the evaluation of the 

heat-transfer surface temperatures may have on the definition 

of boundaries for the operating conditions, and given the 

scarcity of heat-transfer models intended to calculate those 

temperatures, it is also an objective of this manuscript to 

contribute to the disclosure and widespread of these type of 

models through the presentation of the approach followed in its 

development, namely: disclosing the correlations used for the 

determination of the heat-transfer coefficients and duly 

presenting the underlying simplifications, calibration and 

validation. 

ORC-EVAPORATOR HEAT-TRANSFER MODEL 
The ORC-evaporator domain simulated in this study 

comprises the gas-burner and two heat-exchanger sections: one 

to complete the water heating process initiated in the ORC-

condenser, named the water post-heater section (PH), and the 

other for the organic fluid vaporization, simply named 

evaporator heat-exchanger (EHE). A 3-D representation and 

photographs of those are shown in Fig. 1 and 2, respectively. 

 

 
Figure 1 Schematic representation of the two heat-exchanger 

sections and the natural-gas burner of the ORC-evaporator. 

 

 
Figure 2 Photographs of the ORC-evaporator: a) finned tubes 

and curves of the EHE; b) PH finned tubes and support plates; 

c) PH and gas-burner assembly; d) ORC-evaporator assembly. 

 

As the PH and the EHE heat-transfer models demand for, as 

input parameters, several combustion gases’ characteristics 

(e.g., the combustion gases composition and mass flow rate), 

the thermochemical calculations of the natural-gas (NG) 

combustion process were also included in the overall model. 

Thus, the overall model includes three different sub-models: i) 

the gas-burner/combustion model, ii) the PH heat-transfer 

model and iii) the EHE heat-transfer model. According to the 

physical arrangement, as depicted in Fig. 1, the models are run 

sequentially since the outputs of the combustion model are used 

as inputs for the PH heat-transfer model and its outputs are used 

as inputs of the EHE model, as shown in Fig. 3. 

 

 
Figure 3 General flowchart of the entire ORC-evaporator 

model with the main inputs and outputs. 

 

The general description of each of the individuals models 

showed in Fig. 3 are presented below while the detailed 

construction of those are presented in [15].  

 

Gas-burner combustion model 

The materialization of the experimental strategy depicted at the 

beginning of this section involves the realization of dynamic 

thermal stress tests for two different operating The objective of 

this model is to provide the inputs required by the subsequent 

calculations on the following characteristics of the combustion 

gases: i) the adiabatic flame temperature, ii) mass flow rate and 

iii) the molar fraction of each one of its components. The 

combustion process to be modelled is a pre-mixed, lean, 

natural-gas and air mixture. Based on experimental evidence, 

the combustion process is admitted to be complete (the CO 

volume fraction in the combustion products mixture is below 5 

ppm for the entire power range of the burner [7 – 35 kW]) and, 
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for the sake of simplicity, no dissociation of the combustion 

products is considered. The main input variable of this model is 

the natural-gas volume feeding rate. Furthermore, a series of 

extra input variables are required: i) room air temperature and 

humidity; ii) natural-gas composition, temperature and pressure 

and iii) excess of air with what the combustion takes place. 

 

Post-Heater (PH) model 

The Post-Heater (PH) is a cross-flow heat-exchanger placed 

between the gas-burner and the EHE (see Fig. 4). It is 

composed by a pair of finned tubes within which water, 

previously heated in the ORC-condenser, flows. The main 

objective of this model is the evaluation of the combustion 

gases’ temperature reduction resulting from the energy transfer 

to the water and from the energy losses through the external 

walls. The input variables of this model are not only the outputs 

of the combustion model, such as the adiabatic flame 

temperature, the combustion gases’ chemical composition and 

their mass flow rate, but also the water temperature, mass flow 

rate and pressure at the PH inlet section. 

To achieve the abovementioned objective, the overall heat-

transfer coefficient must be determined. This demands the 

calculation of the heat-transfer coefficient for the water and 

combustion gases sides. In order to make that determination 

easier and since it is known that the water inside the PH tubes 

will remain in the liquid state and its temperature will not 

drastically rise, the water’s physical domain was divided in two 

control volumes (CV) – one for each tube. For the combustion 

gases side, however, the physical domain was not divided and 

the temperature is assumed to have a uniform/ homogeneous 

distribution in the horizontal direction. Associated to this 

division, two internal and one external heat-transfer coefficients 

will be determined, resulting in two values of overall heat-

transfer coefficient. The CVs in which the PH domain is 

divided are illustrated in Fig. 4. The model considers a steady-

state operating conditions, no pressure losses for both fluid 

streams and no heat-transfer by conduction in the tubes’ wall 

along the axial direction. 

 

 
Figure 4 2D view of the gas-burner (B) and PH assembly with 

the CVs defined for the water and the combustion gases flows. 

 

Organic fluid heat-exchanger (EHE) model 

The EHE is a compact heat-exchanger made of stainless-

steel tubes with copper fins presenting a mixed configuration 

regarding the interaction between the external and internal 

flows (combustion gases and the organic fluid, respectively), 

since it cannot be classified neither as counter-flow nor as 

cross-flow arrangement. 

The EHE contains four levels of stainless-steel tubes with 

copper fins. Each level contains a different number of tubes, as 

is shown by Fig. 5. This model is expected to provide a series 

of important output variables, such as: i) the fluid’s outlet 

temperature (as well as its evolution while it travels through the 

heat-exchanger), ii) the combustion gases’ temperatures after 

each one of the four levels, iii) the transferred thermal power in 

each level and iv) the temperature of the internal surface of the 

heat-exchanger tubes (which will serve as reference for the 

maximum fluid temperature, as previously mentioned). In a 

similar way to what happens with the PH, this will require a 

series of input variables in order to model the heat-transfer 

process. Some of those are the outputs of the two previous 

models, namely: i) the combustion gases’ temperature after 

being cooled down in the PH, ii) the combustion gases’ mass 

flow rate and iii) the combustion gases’ composition. Beside 

these, and regarding the organic fluid, the input parameters are: 

the definition of the fluid itself which, in this case, is 

Pentafluoropropane (also known as R-245fa) and its inlet 

temperature, pressure and mass flow rate.  

Since the variation of the organic fluid properties are 

expected to be much bigger than those observed for the water in 

the PH section (mainly due to the vaporization process), the 

volume occupied by this was split in a large number of CVs. 

On the other hand, the volume occupied by the combustion 

gases was split in as many CVs as levels of tubes. 

 

 
Figure 5 2D view of the EHE section with the discretization of 

the gas and organic fluid per CV. 

 

EXPERIMENTAL TEST RIG 
In order to verify and validate the options taken and the 

simplification made in the development of the ORC-evaporator 

physical-mathematical model, a comparison needs to be done 

between the results retrieved with it and those obtained from 

the experimental tests. To perform such task, the designed 

ORC-evaporator was integrated in a test rig emulating a micro-

scale ORC based CHP system. The detailed characteristics of 

the test rig and the instrumentation used are presented in [15]. 

To allow a comparison between the experimental and the 

model results, for an as wider as possible range of the ORC-

evaporator operation conditions, two series of experimental 

tests have been carried out. In the first of those series, the 

combustion power is gradually increased from 15% to 85% of 

its nominal value, with steps of approximately 15%, while the 

organic fluid superheating degree, at the exit of the EHE 

section, is kept constant at around 5 °C. This is achieved by 

adjusting the pump’s rotational speed so that the prescribed 

superheating degree condition may be accomplished. The PH 

water’s mass flow rate is also maintained approximately 

constant throughout this series of tests. In the second series, 

while keeping the combustion power set to 40% of its nominal 

value, the superheating degree of the organic fluid at the exit of 

EHE section is, in one situation, increased from 5 ºC to 10 ºC 
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and, in the other, set to zero (leading to a two-phase mixture 

state: vapour quality ≈ 0.75). As for the previous tests, this is 

done adjusting the pump rotational speed and keeping the water 

mass flow rate fixed. Moreover, the influence of the operating 

pressure was also analysed in this series of tests. In order to do 

so, the water mass flow rate was halved and the pump 

rotational speed adapted to obtain a superheating degree of 

5 ºC. For each of the experimental situations, the values of the 

operation parameters are recorded after the system stabilization 

that, depending on the starting condition (e.g. cold start up or a 

variation from a different operating situation), can go from a 

few to tens of minutes. These values are recorded for about 20 

minutes at an acquisition rate of 1 Hz. The arithmetic mean of 

these is shown in Table 1. In this table, the values of the 

superheating degree at the exit of the EHE section, the values 

of the combustion power and the values of the transferred 

thermal power to the water and to the organic fluid are also 

shown. The superheating degree is evaluated by the difference 

between the saturated and the measured (at the exit of the EHE 

section) organic fluid temperatures while the combustion power 

is calculated assuming a complete combustion and knowing the 

natural-gas composition and rate of consumption. The 

transferred thermal power to each one of the fluid streams is 

calculated by the product of the mass flow rate and the 

difference between the enthalpies evaluated at the pressure and 

temperature conditions at the exit and at the entrance of their 

respective ORC-evaporator sections. For the particular 

experimental situation in which a two-phase mixture occurs at 

the exit of the EHE section (#6), the enthalpy cannot be 

determined based on the temperature and pressure. In such case 

that value of enthalpy, considered equal to the one of the 

working fluid at the entrance of the ORC-condenser, is 

determined from an energy balance to that component 

assuming a penalty of 2% to account for energy losses. 

 

Data comparison 

The comparison between the experimental and the 

model results will be done for the water and organic fluid 

temperatures gathered along the PH and EHE sections of the 

ORC-evaporator, respectively. Besides those, the thermal 

power in each section will also be used to assess the match 

between the experimental and model results as it allows solving 

the problems arising from the use of temperatures to compare 

the heat-transfer process when a two-phase state is presented. 

The temperatures’ comparison may be easily 

accomplished through the analysis of the charts presented in 

Fig. 6 where the calculated and the measured temperatures are 

plotted against each other for the PH and EHE sections. A 

maximum difference of 2% is found for the PH section (see 

Fig. 6-a). Since any calibration factor has been used, this can be 

considered an exceptional indication of the model’s ability to 

describe the heat-transfer process. A detailed analysis of this 

data identifies the intermediate sensing point ( ) as the one 

where the maximum differences are felt. At that point, for all 

the operating conditions, the calculated temperatures are 

slightly below the measured ones, however, at the exit of this 

heating section ( ) there is an excellent match between both 

temperatures. Such behaviour seems to indicate that the model 

somewhat underestimates the transferred thermal power in the 

first part while slightly overestimating it in the second. As for 

the EHE, significant differences between the measured and 

calculated temperatures were found. Those differences, 

nevertheless, are unevenly distributed along this section. They 

increase along the lower part of the section, up to a maximum 

of about 20% observed on the intermediate sensing point , 

and are meaningfully reduced henceforth (see Fig. 6-b). 

Similarly to the intermediate points in the PH section, the 

calculated temperatures are below the experimentally retrieved 

ones and, at the exit of the section, the differences, much 

smaller, are either positive or negative. As such, a similar 

conclusion can be taken relatively to the model’s ability to 

describe the experimental results: the model underestimates the 

transferred thermal power at the first part while overestimating 

it at the second part. As a consequence, the model fails 

identifying the beginning of the liquid-vapour phase transition 

as can be clearly seen in Fig. 7. In this, presented as an example 

of what also happens for the other operating conditions, the 

measured and the calculated values of the temperature of the 

organic fluid along the EHE section for the experimental test #4 

are shown. It is also evident that the organic fluid is in a liquid 

and in a two-phase state in the underestimated and 

overestimated parts of the heating process, respectively.  

 

 
Figure 6 Calculated versus measured temperatures for: a) water 

in the PH and b) organic fluid in the EHE. 

 

 
Figure 7 Calculated and measured values of the organic fluid 

temperatures along the EHE section for the operating 

conditions of test number #4. 
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Table 1 Average values of the measured operating parameters of the ORC-evaporator in the experimental tests. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

The temperatures’ comparison presented in Fig. 6 needs to 

be complemented with the transferred thermal power 

comparison since important differences can be hindered behind 

small temperature variations, especially when a two-phase state 

is presented. Therefore, Fig. 8 shows the calculated values of 

the transferred thermal power as function of the experimentally 

determined ones for the PH (Fig. 8-a) and EHE (Fig. 8-b) 

sections. The data presented for both sections shows a good 

agreement (maximum difference of 5%) for all the conditions.  

  
Figure 8 Calculated versus measured transferred power for: a) 

water in the PH and b) organic fluid in the EHE. 

 
1st series: combustion power variation 2nd series: combustion power fixed 

#1 #2 #3 #4 #5 #6 #7 #8 

N
G

-b
u

rn
er

 a
n

d
 

co
m

b
u

st
io

n
 g

a
se

s 

 [kW] 10.193 17.152 22.137 26.777 31.283 17.152 17.152 17.152 

 [ºC] 46.7 57.2 62.8 68.1 73.3 57.2 58.0 60.8 

 [dm3/s] 0.257 0.435 0.557 0.673 0.787 0.435 0.435 0.435 

 [ºC] 26.2 26.1 26.2 26.3 26.3 25.7 25.9 25.8 

 [%] 63.2 63.3 63.3 63.2 63.2 63.3 63.2 63.1 

 [%] 8.0 5.9 5.1 5.1 5.1 5.9 5.9 5.9 

E
H

E
 s

ec
ti

o
n

 

 
[kg/s] 0.026 0.043 0.058 0.070 0.083 0.066 0.043 0.043 

 [bara] 2.70 3.55 4.47 5.53 6.03 2.49 2.685 3.59 

 [ºC] 25.5 28.1 31.9 34.0 35.0 35.4 27.6 32.6 

 [ºC] 27.3 29.4 33.1 35.3 36.4 36.6 28.6 33.9 

 [ºC] 30.0 32.9 36.1 38.2 39.4 38.6 32.2 36.8 

 [ºC] 35.3 38.4 41.7 45.8 48.0 42.1 39.0 42.6 

 [ºC] 38.6 42.1 46.2 53.7 57.6 44.2 42.9 46.5 

 [ºC] 42.5 51.9 59.6 68.6 70.9 50.8 53.2 60.6 

 [ºC] 42.9 51.5 59.3 67.0 70.3 51.0 52.8 60.3 

 [ºC] 42.8 51.6 59.2 66.7 70.1 50.9 52.8 60.4 

 [ºC] 46.7 55.1 64.1 71.1 74.8 49.8 62.1 67.2 

 [ºC] 4.4 4.1 5.3 4.7 5.2 0.0 9.9 7.4 

 [kW] 5.312 8.955 12.316 14.989 17.878 9.361 9.376 9.174 

P
H

 s
ec

ti
o

n
 

 [kg/s] 0.108 0.109 0.108 0.106 0.118 0.109 0.113 0.069 

 [ºC] 36.4 43.8 51.1 57.4 59.5 44.8 43.6 55.1 

 [ºC] 40.6 50.1 58.7 66.2 68.6 51.2 49.9 65.0 

 [ºC] 44.0 55.5 64.7 73.0 75.6 55.9 54.5 72.1 

 [kW] 3.409 5.310 6.134 6.928 7.916 5.063 5.157 4.942 

a) Control parameters.  
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Apart from the subjectivity that the above-mentioned 

considerations may have, it is possible to conclude that the 

model successfully accomplishes the calculation of the total 

thermal power transferred from the combustion gases to the 

water and to the organic fluid but, somehow, fails on the 

evaluation of how this power is transferred to those fluids along 

their respective heating sections. Marginally in the PH and 

markedly in the EHE, it underestimates, in the initial part, and 

overestimates, in the final part, the thermal power transferred in 

each of those heating sections. The described behaviour of the 

model, behind which many reasons may exist, is, however, 

believed to be effortlessly corrected with simple semi-empirical 

model improvements and calibration factors. 

 

Calibration process 

Despite the agreement already found between the model and 

the experimental results, a simple calibration procedure was 

carried out not only for the EHE (where the biggest temperature 

differences are found) but also for the PH section since the 

heat-transfer processes are sequential and the results obtained 

in the EHE are directly affected by the ones obtained in the PH. 

In the PH section, as the heat-transfer process is essentially 

determined by the external heat-transfer coefficient, 

considerable smaller than the internal one, the calibration 

procedure involved its multiplication by a single, empirically 

determined, factor ( ), so that the difference between the 

model and the experimental results regarding the power 

transferred becomes smaller than 1%. The values of  that 

make the model able of accomplish the specified match are 

shown in Fig. 9 for each one of the operating conditions tested. 

The equation resulting from the linear regression of those 

factors (shown on Fig. 9) is used to calculate its value, as a 

function of the combustion power, for any operating conditions. 

 

 
Figure 9 Calibration factors used in the PH section as function 

of the combustion power. 

 

The calibration of the model regarding the EHE section 

pretends to correct the evident underestimation and 

overestimation observed for the thermal power transferred 

between the combustion gases and the organic fluid in its initial 

and final parts, respectively.  

In the initial part of the EHE section, the organic fluid is in 

the liquid state, its velocity is relatively small and, as the 

external (gas side) heat-transfer area is large (due to the fins), 

the bigger thermal resistance is associated to the internal 

convection heat-transfer coefficient. As the bulk temperature of 

the organic fluid is below the saturation value, the heat-transfer 

coefficient is calculated using the usual correlations for liquids 

in tubes. Nevertheless, the temperature of their inner surface 

may be above the saturation value. In that situation, and 

whenever in the liquid phase, the internal convection heat-

transfer coefficient is multiplied by an empirical factor of 1.6, 

regardless of the temperature difference between the inner 

surface of the tubes and the saturation value. This value was 

empirically established to consider the local (in the thermal 

boundary layer near the inner surface) vaporization of the fluid 

and the associated increase of the internal convection heat-

transfer coefficient from a non-boiling to a boiling (with a 

quality of approximately 3%) heat-transfer process. 

In the final part of the EHE section, the organic fluid is 

essentially in a two-phase condition. The internal convection 

heat-transfer coefficient is large, and the bigger thermal 

resistance is found associated with the external heat-transfer 

process. The correction of the overestimation of the transferred 

thermal power in this part is then done multiplying the external 

heat-transfer coefficient by a calibration factor smaller than 

one. This is made individually for the levels 1 ( ) and 2 

( ) as a function of the combustion power. It is worth 

mentioning that these two combustion gases’ levels match 

approximately with the part of the EHE in which the organic 

fluid is essentially in the two-phase state and the transferred 

thermal power is overestimated. Those calibration factors, 

empirically determined, are shown in Fig. 10 for each one of 

the operating conditions tested. The equations used afterwards 

to determine the values of those factors, for any operating 

condition, are also shown in that figure. 

 

 
Figure 10 Calibration factors of the EHE section as function of 

the combustion power. 

 

The approach followed to calibrate the model was semi-

empirically determined and no optimization strategies were 

considered. The values of the different calibration factors have 

been set based on trial-and-error procedure attempting to 

minimize the differences between the calculated and the 

experimental values of the temperatures and of the transferred 

thermal power along the EHE section of the ORC-evaporator.  

The outcome of such calibration procedure can be evaluated 

by the analysis of Fig. 11 and Fig. 12. In those figures, the 

calculated temperatures and transferred thermal power are 

plotted against the experimental values for the operating 

conditions used in the calibration process. The data shown 

reveals differences between the calculated and the experimental 

results smaller than 2% regarding the transferred thermal 
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power, for both sections and, concerning the temperatures, 

values smaller than 2% and 8% for the PH and EHE sections, 

respectively. This can be considered a significant improvement 

in comparison to what was observed for the calculations of the 

non-calibrated model (see Fig. 6 and Fig. 8). Beside these 

improvements, the consequences of the model calibration are 

also felt in the model’s ability to identify the beginning of the 

liquid-vapour transition. This can be clearly seen in Fig. 13, in 

which the measured and the calculated temperatures of the 

organic fluid retrieved along the EHE section are shown for the 

operating conditions of test number #4. The error in the 

identification of the beginning of the phase transition process is 

reduced from approximately 2 to less than 1 tube. 

 

 
Figure 11 Calculated (calibrated) versus measured 

temperatures for: a) PH water and b) organic fluid in the EHE. 

 

 
Figure 12 Calculated (calibrated) versus measured transferred 

power for: a) PH water and b) organic fluid in the EHE. 

 

 
Figure 13 Calculated (with and without calibration) and 

measured values of the organic fluid temperatures along the 

EHE section for the operating conditions of test number #4. 

Model exploration 

It is presumed that the reliability shown by the model on the 

prediction of the organic fluid temperature and of the 

transferred thermal power is inferable for the prediction of the 

temperatures of the inner surface of the evaporator tubes since 

they are mutually dependent. Thus, it will be possible to use it 

to identify what is and where occurs the maximum value of the 

inner surface temperature of the evaporator tubes, so that 

considerations about the risk of thermal degradation of the 

organic fluid may be considered. This temperature, together 

with both the outer surface and the organic fluid temperatures, 

are shown in Fig. 14 for the operating conditions of the test 

number #4 (see Table 1), as example. The combustion gases’ 

temperature values, for each of the levels in which their domain 

is divided, are also shown in that figure. As their behaviour (of 

all the temperatures) is essentially determined by the thermal 

resistances involved in the heat-transfer process, the values of 

those, evaluated for each EHE control volumes, are shown in 

Fig. 15 together with the cumulative transferred thermal power. 

 

 
Figure 14 Combustion gases, organic fluid (bulk) and tubes 

internal and external wall temperatures along the EHE tubes for 

the operating conditions of test number #4. 

 

 
Figure 15 Internal, external, and overall thermal resistances 

and cumulative transferred thermal power along the EHE tubes 

for the operating conditions of test number #4. 

 

Contrary to what would be expected, given the forecasted 

differences between the internal and external convection heat-

transfer coefficients (with the first being, predictably, much 
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higher than the second), the associated thermal resistances are 

comparable for all the combustion gases’ levels, except for the 

first (see Fig. 15). This is justifiable not only due to the 

differences between the heat-transfer areas but also due to the 

existence of a non-despicable radiative component that needs to 

be accounted for the evaluation of the external (global) heat-

transfer coefficient. Consequently, for those levels, the overall 

thermal resistance is equally determined by the individual 

behaviour of both the internal and external. For the better part 

of level 1, however, the thermal resistances are significantly 

different, with the external (much bigger than the internal) 

acting as the limiting one. 

Regarding the external thermal resistance, a stepwise 

behaviour, as the one shown in Fig. 15, was expected since 

only one value is calculated per level. Nevertheless, the way 

how this parameter’s values change from level to level is not 

intuitive, since they include the effect of the calibration process. 

If only the convective and radiative part were considered, a 

decrease of the thermal resistance from level 4 to level 1 could 

be expected, as a result of the combustion gases’ temperature 

increase. As for the convection part, the temperature increase of 

the combustion gases will lead to an increase of the viscosity 

and to a reduction of the Reynolds number. Such decrease leads 

to higher values of Colburn factors. Consequently, an increase 

of the convective part of the external heat-transfer from which 

would result the referred, but not observed, decrease of the 

thermal resistance. On the transition from the 4th to the 3rd level, 

nevertheless, the increase in thermal resistance is due to a 

reduction of the radiative part of the external heat-transfer 

coefficient, an exception to the expected behaviour. This 

exception happens due to the considerations made in the model 

from which results higher values of this component in the 4th 

level to account a non-despicable radiation thermal power 

transferred from the inner surface of the EHE walls to the 

tubes. The effect of the reduction of this parameter (radiative 

component of the external heat-transfer coefficient) overlaps 

the one associated to the increase of the combustion gases’ 

temperature which, in this case, is very modest. In the 

following level transitions (3rd to the 2nd and 2nd to the 1st), the 

increase of the thermal resistance is justified by the use of 

calibration factors in the levels 2 and 1. These calibrations 

factors directly affect the value of the external heat-transfer 

coefficient decreasing its value and hiding the effect of the 

combustion gases’ temperature increase. 

Contrary to what happens with the external thermal 

resistance, the internal can change within levels since a value of 

the internal heat-transfer coefficient is calculated for each one 

of the organic fluid CVs. In this parameter, small variations are 

expected to arise from variations in the organic fluid mean 

temperature while major variations may raise from changes in 

the heat-transfer regime (e.g., from single phase convection to 

convection with phase transition – vaporization). The stepwise 

variation in this parameter observed from the 4th to 3rd level 

transition is, however, due to the use of a calibration factor to 

account the local vaporization. This is used whenever the 

organic fluid is in the liquid phase and the temperature of the 

inner surface of the tubes wall is above the saturation value. 

This happens beyond the transition from the 4th to the 3rd level 

and goes up to tube 9 of the 2nd level. Along the 4th, the 3rd and 

part of the 2nd levels, a slightly decrease of the internal thermal 

resistance values is observed due to the variation of the organic 

fluid mean temperature. At tube 9, in the 2nd level, a noticeable 

reduction of the internal thermal resistance is observed due to 

the beginning of the sustained vaporization process, coinciding 

with the point where the average temperature of the organic 

fluid reaches the saturation value. Because of that, from this 

point forward, along the rest of the 2nd level and during almost 

all the extension of the 1st one, the temperature of the organic 

fluid is kept constant (see Fig. 14). The sudden decrease of the 

internal thermal resistance in the 2nd to the 1st level transition is 

due to the increase of the temperature of the inner surface of the 

tube, which ends-up affecting the fluid mean temperature 

because of the enormous increase of the combustion gases’ 

temperature. For the remainder of this level, due to the increase 

of the organic fluid quality, the internal thermal resistance 

decreases nearly to zero. As expected, in the final part of this 

level, as a consequence of the end of the vaporization process, 

the internal thermal resistance suddenly increases. It should be 

noted that despite almost vanishing of the internal thermal 

resistance, the overall value of this parameter does not follow 

the tendency due to the limiting action of the external one. 

It is worth mentioning that the changes in the temperature 

difference between the gases and the organic fluid, rather than 

the changes in the overall thermal resistance, are the main 

driver of the changes in the transferred thermal power, clearly 

shown in the variations of the slope of its cumulative value at 

each one of the level transitions (see Fig. 15). In fact, the 

significant variation observed at the end of the 2nd level 

(coinciding with the beginning of the vaporization), or along 

the best part of the 1st, does not have visible consequences in 

the slope of the transferred power. Another fact that supports 

this finding is the unequivocal variation of the transferred 

power observed from the 2nd to the 3rd level transition for minor 

variation of the overall resistance. However, an exception 

observed on the last tube of the 1st level where the significant 

increase of the overall resistance, associated with the 

conclusion of the vaporization, ends-up having consequences 

on the slope of cumulative transferred thermal power. 

Nevertheless, the thermal resistances seem to have a 

decisive influence over the values of the temperature of the 

internal and external surfaces of the EHE tubes. Up to tube 9 it 

is difficult to identify, between the combustion gases’ 

temperatures and the thermal resistances, which is more 

relevant. Contrary to what is observed for the cumulative 

transferred thermal power, the variation of the thermal 

resistance at the end of the 2nd level has consequences on the 

temperatures of both tubes’ surfaces. As expected, the decrease 

of the internal thermal resistance results in a reduction of not 

only the internal but also, due to the small conductive thermal 

resistance of the wall, of the external surface temperature of the 

tubes. This evidence is even more noticeable on the 1st level 

where a significant reduction of the internal thermal resistance 

ends up reflecting a significant reduction of the tubes’ internal 

and external surface temperatures. Once the organic fluid 

vaporization process is finished, these temperatures have a 

sudden and huge increase because of a similar type of variation 
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of the internal thermal resistance. Such temperature variation, 

apart from any fading effects, results from the non-

consideration of the axial conduction heat-transfer process 

through the tubes’ walls.  

From previous observations and findings, it can be said 

regarding the main objective of this work, the characterization 

of the temperature of the internal surface of the EHE tubes, that 

this parameter is essentially determined by the internal thermal 

resistance (since the external is essentially constant) and by the 

combustion gases’ temperatures. As the non-boiling heat-

transfer processes, occurring when the organic fluid is either in 

liquid or in gaseous phases, are characterized by similar values 

of the internal thermal resistance (see Fig. 15), the combination 

of these heat-transfer regimes with high temperatures of the 

combustion gases may originate very high internal surface 

temperatures of the EHE tubes (see Fig. 14). Therefore, efforts 

should be made to avoid or, if not possible, to minimize those 

situations. That means, reduce the superheating degree to the 

minimum value possible and avoid the presence of the organic 

fluid in a liquid phase on the 1st level of the tubes. It is also 

important to notice that any reduction in the temperature of the 

combustion gases in contact with the tubes of this 1st level, as 

the one induced by the PH section in this case, will help to 

reduce the maximum temperature of the inner surface of the 

tubes’ wall and with that, the risk of organic fluid degradation. 

CONCLUSION  
The use of direct vaporization in ORC based micro-CHP 

systems has been disregarded due to the general idea that such 

approach will lead to the thermal degradation of the organic 

fluid. Such idea stems from the fact that the combustion gases’ 

temperature is well above the one of the organic fluid thermal 

degradation. Even if this is an undeniable reality for a great part 

of the heat-transfer area of the ORC-evaporator, which does not 

mean that the internal surface of its tubes (the one in contact 

with the organic fluid) is at those temperatures. The 

temperature of the inner surface of the tubes is neither the one 

of the combustion gases nor the one of the organic fluid. 

Instead, it is the result of the thermal balance made to the ORC-

evaporator tube’s wall involving the internal and external heat-

transfer processes. As this temperature is very difficult to 

measure, the only way to assess it is through modelling. 

Considering all the relevant heat-transfer modes, using well-

established correlations for the calculation of the heat-transfer 

coefficients in the different regimes and basic operating 

characteristics of the system, a model was developed to 

calculate the temperature of the inner surface of the tubes of an 

ORC-evaporator. Without any calibration factors, the model 

was able to predict the temperatures of the organic fluid, along 

the heating and vaporization process, and the transferred 

thermal power with differences to the experimental results 

under 20 and 5 %, respectively. A simple calibration procedure 

was able to reduce those differences to values under 8 and 2 %, 

respectively. Such correspondence is indicative that the 

essential physics of the energy transfer process in the ORC-

evaporator was captured and so the calculated values of the 

inner surface temperature of their tubes should not be far from 

reality. This temperature may then be used to assess the risk of 

the organic fluid thermal degradation which, regardless of 

further detailed studies, can, from now on, be related to i) the 

temperature difference between the inner surface of the tubes 

and the one of the thermal degradation of the organic fluid 

(determined by static tests) and ii) the length of the tubes along 

which that difference is not negative.  

The inner surface temperature of the tubes was shown to be 

not only dependent of the combustion gases temperature, as 

expected, but also of the internal thermal resistance. The 

combination of high thermal resistances (associated with non-

boiling heat-transfer processes in liquid or gaseous phases) with 

high temperatures of the combustion gases should then be 

avoided. This means that the operating parameters of the ORC-

evaporator must be chosen to ensure that the organic fluid 

vaporization process starts as earlier as possible, and the 

superheating phase is reduced to the minimum possible. 

Moreover, it is also important to reduce the inlet temperature of 

the combustion gases through the use of ultra-lean or flameless 

burners or through the use of hybrid CHP configurations (as 

shown in this work).  

The use of such models should be done together with those 

used for the determination of the optimal (from the energy 

transformation efficiency point of view) cycle operating 

parameters, since the latter may specify conditions leading to a 

non-admissible risk of the organic fluid thermal degradation. 

Such approach is believed to (re)open doors for the direct 

vaporization of the organic fluid to several ORC based micro-

CHP systems from which important benefits regarding the 

efficiency, response time and cost are expected. 
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ABSTRACT 
Global production of plastic increased by 500% over the last 

30 years and it is expected to continue to grow to 850 million 

tons/year by 2050. Plastic use results in a substantial 

environmental burden due to both land and water pollution as 

plastics take 10 to 450 years to decompose in landfills. This has 

resulted in increased calls for innovative ways to recycle plastics, 

one of which is a decentralised solution where wasted plastics 

are recycled into filaments for 3D printing. This has been 

identified as a promising solution, especially for low-income 

communities in the global south where waste management 

infrastructure is inadequate. However, studies have highlighted 

the need for more research and development in the extruder 

design and operation, especially in terms of optimising 

temperature distribution and the cooling rate in order  to prevent 

poor filament quality and inconsistent filament diameter. This 

paper describes the modelling of the temperature distribution and 

cooling rate of an extruder. The innovation is that the extruder is 

designed to be built and operated in low-income settings of the 

global south using locally available materials and skills. The aim 

of the work is to develop a mathematical model for evaluating 

the thermal distribution in the extruder as well as optimise the 

cooling rate conditions. The model is useful for optimising the 

operating conditions such as ambient temperature, extrusion 

temperature, extrusion speed, cooling rate and spooling 

mechanism. 

INTRODUCTION 
Environmental and consumer concerns has necessitated  research 

into sustainable management of plastic materials. Plastic 

recycling has recently emerged as a critical problem in 

environmental preservation and waste management. Due to the 

low cost, lightweight, and superior protection they offer,  plastic 

is frequently the material of choice for the packaging of food, 

cosmetics, or pharmaceutical items [1].  However,    improper 

disposal of plastics at end of life has resulted in an environmental 

burden due to both land and water pollution as plastics take 10 

to 450 years to decompose in landfills. One way of  reducing the 

environmental footprint of plastics is by adopting a decentralised 

recycling approach where waste plastics are extruded into 

filaments for Additive Manufacturing (3D Printing). 

Petrochemical plastics, in general, offer great functionality for 

use as filaments for 3D printing, therefore waste plastics offer 

an opportunity to  cater for the rapidly expanding  3D printing 

market and allows for successful waste use to create consumable 

goods. 

NOMENCLATURE 

ρ [kg/m3] Density 

c [W·s/kg·ºC] Specific heat 

q [W/m2] Heat flux 

A [m2] Area 

l [m] Length 

r [m] Radius 

k [W/mºC] Thermal conductivity 

T [ºC] Temperature 

x [m] Cartesian axis direction 

y [m] Cartesian axis direction 

z [m] Cartesian axis direction 

C1 - Constant 

C2 - Constant 

θ - Spatial temperature distribution 

𝑇𝑖 [°C] Initial temperature 

𝑇∞ [°C] Ambient temperature 

h [W/m2·ºC] Heat transfer coefficient 

𝜏(t) Function of the time only 

R(r) Function of the radial coordinate only 

X(x) Function of the x coordinate only 

𝐽0 - First Bessel function 

𝐽1 - Second Bessel function 

𝐶𝑛𝑚 - Constant 

Cn - Constant 
Cm - Constant 

𝝀 - Eigenvalue 

𝐹𝑜 - Fourier Number 

Bi - Biot Number 

𝐵𝑖𝑥 Biot number in the x-direction 

𝐵𝑖𝑟 Biot number in the r-direction 

α [m2/s] Thermal diffusivity 

PET - Polyethylene terephthalate 

ABS - Acrylonitrile-Butadiene-Styrene 

AM - Additive Manufacturing 

Plastic extrusion is one of the most used production procedures 

for creating polymers, and it is especially common for 

thermoplastics. Green composite filaments derived from 

recycled cellulose and rubber-based materials can result in 3D-

printed products with increased stiffness, durability, and/or 
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decreased distortion [2].  Because of the poor value of recovered 

content and high transportation and collecting expenses, plastic 

recycling is currently limited. However, distributed production 

via additive manufacturing (AM), in which 3D printing filament 

is manufactured from local plastic waste, is an economically 

feasible alternative to plastic recycling [3].  

During the extrusion process, solid polymer particles are heated 

to the melting point in the early stage of the extruder. The liquid 

polymer is heated to a temperature much over the melting point 

in the middle of the extruder, while the solid particles continue 

to heat up and melt. The molten polymer must attain a thermally 

homogenous condition in the last section of the extruder. When 

the extrudate exits the extruder die, it must be cooled to room 

temperature. Every extruded shape must be cooled to the point 

where it retains its specified dimensions. Temperature conditions 

are critical for minimising warpage. If the extrudate is pulled 

across a sharp surface as it exits the die, enters the cooling 

fixture, or at any other site, warpage occurs in the component.   

Figure 1 shows the effect of colling on the quality of extruded 

products.  

 

 

Figure 1 Effect of cooling on shrinkage and deformation of 

extruded product through a circular channel [4] 

 

It is important to note that the rate of cooling has a huge effect 

on the quality of the product. High-molecular orientation in one 

location of the extrudate induces distinct shrinkage in other 

places, resulting in warpage [5]. Process cooling is a typical 

procedure in extrusion to keep the process thermally stable. In 

addition, as part of the process heat is naturally emitted into the 

environment. As a result, the cooling water and air absorb a 

significant percentage of the energy given to the process. In 

reality, it is evident that a significant portion of the given energy 

must be sacrificed in order to preserve the process's thermal 

stability. Obviously, process energy and thermal efficiency are 

likely to be linked. Making the process more energy-efficient, 

however, is pointless if the melt output is not of the desired 

quality. As a result, thermal stability and energy efficiency 

should be pursued in a sequential manner. 

 

Similarly, the homogeneity of the melted plastic being fed 

into the die, which should preferably be provided at a consistent 

pressure, temperature, and circulation, is critical to the quality of 

extruded polymer.   Thermal stability is critical in polymer 

extrusion because the amount of melt homogeneity attained by 

the extruder screw determines product quality.  Figure 2 shows 

the  tempeature distribution in an extrusion process. It can be 

observed that the polymer goes through a convoluted 

temperature history over this entire operation. Therefore, a  

detailed understanding of the heat transfer  process is necessary 

to optimize  design and operating parameters of the extrusion 

process. This paper describes the modelling of the temperature 

distribution and cooling rate of an extruder.,  The model is useful 

for optimising the operating conditions such as ambient 

temperature, extrusion temperature, extrusion speed, cooling rate 

and spooling mechanism. 

 

 

 

Figure 2 Temperature distribution in a whole extrusion process  

[6] 

PET  

PET, which stands for polyethylene terephthalate, is a 

transparent, durable, and lightweight polyester plastic. When 

used for fibres or textiles, it is commonly referred to as 

"polyester," and when used for bottles, jars, containers, and 

packaging purposes, it is referred to as "PET" or "PET Resin." 

PET was originally polymerized by DuPont researchers in the 

1940s [7] to produce thermoplastics for use as textile materials. 

It is created by combining ethylene glycol with terephthalic acid. 

PET is exceptionally robust for its light weight even without 

additives to boost its robustness.  

 PET is widely used for diverse applications across various 

sectors, it makes up a substantial proportion of the plastic waste 

stream [8]. This, coupled with the fact that it is not 

biodegradable, makes reusing or recycling a practical way to 

reduce PET waste [9]. Moreover, in 2030, the global demand for 

PET is forecasted to amount to 42 metric tons  [10]. Therefore, 

the viability of filaments from recycled materials in low-income 

economies depends heavily on successfully converting PET 

waste to filaments.  

 

PET  is an excellent material for 3D printing [11] as it is a 

robust and flexible material with a high success rate. It is ideal 

for products that require both flexibility and hardness, like 

mechanical components or electrical equipment enclosures. PET 

is known for releasing less odour than standard 3D printing 

materials such as ABS [12].  

The filament is ideal for companies looking to make their 

distribution network more sustainable, especially when 
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combined with 3D printing technology for manufacturing 

output. The carbon footprint of recycled filament is smaller than 

that of virgin material and PET is not excepted 

Table 1 indicates several characteristics of a few polymers 

including PET. 

Table 1 Properties of polymers [13] 

Polymer Solid 
density 

Melt 
density 

Melting 
point C 

Heat 
capacity 

Thermal 
conductivity 

PET 1.34-1.39 1160 265  1800-2000 0.18 

ABS 1-01-1.04 990 Amorphous* 1300-1700 0.25 

Nylon-66 1.13-1.15 980 265  2400-2600 0.2 

 

MATHEMATIC MODELLING 
The general mathematical formula that governs the unsteady-

conduction of heat across a two-dimensional solid in cylindrical 

coordinates is given in equation (1), where heat transfer is 

assumed to be significant in the radial (r) and longitudinal (x) 

directions but completely disregarded in the angular direction 

due to symmetry boundary conditions, and the thermo-physical 

parameters ρ, c, and k are assumed to be constant for simplicity. 

According to Newton's law of cooling, the filament may lose 

heat from its outside surface. Because the condition is 

symmetrical in axial position x, only half of the extruded 

filament's length is taken into account. The heat transfer equation 

is a partial differential equation that represents the temperature 

distribution in a given region over time as follows [14],[15]: 

𝝆𝒄
𝒅𝒚

𝒅𝒙
= −𝒅𝒊𝒗 𝒒 + �̇� 

(1) 

For 2D solid cylindrical coordinates 

𝟏

𝒓

𝝏

𝝏𝒓
 (𝒓 

𝝏𝑻

𝝏𝒓
) +

𝝏𝟐𝑻

𝝏𝒙𝟐 + 𝒒 =  
𝟏

𝜶
 
𝝏𝑻

𝝏𝒕
  

 

 

To keep the boundary conditions uniform, first defined as the 

spatial temperature profile with respect to the given ambient 

temperature T. Moreover, the starting temperature is specified as 

𝜃𝑖 = Tinitial – Tambient. As a result, the initial condition and the 

boundary  requirements that must be met are as follows: 

BC 1 

 
𝝏𝜽(𝒓, 𝒙, 𝒕)

𝝏𝒓
= 𝟎 → 𝒓 = 𝟎, 𝒙, 𝒕 →,

𝝏𝜽(𝟎, 𝒙, 𝒕)

𝝏𝒓
= 𝟎 

 

BC 2 
𝝏𝜽(𝒓, 𝒙, 𝒕)

𝝏𝒓
= 𝟎 → 𝒓 = 𝒂, 𝒙, 𝒕 →

𝝏𝜽(𝒓, 𝒙, 𝒕)

𝝏𝒓
=  −

𝒉

𝒌
 𝜽(𝒂, 𝒙, 𝒕)  

BC 3 
𝝏𝜽(𝒓, 𝒙, 𝒕)

𝝏𝒙
= 𝟎 → 𝒓, 𝒙 = 𝟎, 𝒕 →,

𝝏𝜽(𝟎, 𝟎, 𝒕)

𝝏𝒙
= 𝟎  

BC 4 
𝝏𝜽(𝒓, 𝒙, 𝒕)

𝝏𝒙
= 𝟎 → 𝒓, 𝒙 = 𝒍, 𝒕 →,

𝝏𝜽(𝒓, 𝒙, 𝒕)

𝝏𝒙
=  −

𝒉

𝒌
 𝜽(𝒓, 𝒍, 𝒕)  

 

As a result of all of these considerations, a solution that is the 

product of three functions in the form of variable separation has 

been available, specifically, R(r) is a function of the radial 

coordinate only, X(x) is a function of the x coordinate alone, and 

𝜏(t) is a function of the time only. As a result of using this 

solution, the overall solution is expressed as  

 

𝜽(𝒓, 𝒙, 𝒕) = 𝑹(𝒓). 𝑿(𝒙). 𝝉(𝒕) (2) 

 
This equation is substituted for into partial differential 

equation (1), yielding the following conclusion. 

 

𝑿(𝒙). 𝝉(𝒕).
𝟏

𝒓

𝝏

𝝏𝒓
 (𝒓 

𝝏𝑻

𝝏𝒓
) + 𝑹(𝒓). 𝝉(𝒕).

𝝏𝟐𝑿(𝒙)

𝝏𝒙𝟐
=  

𝑹(𝒓). 𝑿(𝒙)

𝒂
 .

𝝉(𝒕)

𝝏𝒕
  

(3) 

 
Equation (3) is therefore divided by the product R(r)Z(z)(t) 

solution, yielding: 

 

�̈�

𝑹
+

𝟏

𝒓
 
�̈�

𝑹
+

�̈�

𝑿
=

𝟏

𝜶

�̇�

𝝉
 

(4) 

 
The separation constant is adjusted so that the left and right-

hand side terms are equal to -α2 and –β2, respectively, and the 

right-hand side term is equal to – ( α2 + β2). These give rise to 

three ordinary differential equations, which may be solved using 

the equations presented below. 

 

�̈�

𝑹
+

𝟏

𝒓
 
�̈�

𝑹
=  −𝜶𝟐 

(5) 

�̈�

𝑿
=  − 𝜷𝟐 

 

  
𝟏

𝜶

�̇�

𝝉
=  −(𝜶𝟐 + 𝜷𝟐) 

 

 
These ordinary differential equations, when combined with 

their boundary conditions stated as first-order equations, yield 

the solutions shown below. The answer for R in the r model is 

as follows: 

 

𝒓𝟐�̈� + 𝒓�̇� + 𝜶𝟐𝒓𝟐𝑹 = 𝟎 

 

(6) 

𝑹(𝒓) = 𝑪𝟏𝑱𝟎(𝜶𝒓) +  𝑪𝟐𝒀𝟎(𝜶𝒓)  

 
Where 𝐽0 and 𝑌0 are recognized zero-order Bessel functions 

of the first and second class. In this formula, coefficient C2 is 

deleted by applying b.c. (1), because all 𝑌𝑛 become - as r 

approaches zero; hence, C2 = 0 is necessary to maintain the finite 

solution. Using the convection b.c. (2) formulae for the 

derivative of 𝐽0 as d𝐽0(r)dr = –𝐽1(r), the relevant eigenvalue 

connection is obtained. This is the eigencondition for that issue, 

and which may be expressed as: 

The Biot number in the direction of r is equivalent to hr / k, 

and 𝐵𝑖𝑟  is the Biot number in the direction of r.  Furthermore, 

the eigenvalues are given by the roots of equation (6), and there 

exist an unlimited number of real eigenvalues such as 𝑎1𝑟 , 𝑎2𝑟 , 

𝑎3𝑟 , …. 𝑎𝑛𝑟. And, as shown in the figure, all of these values may 

be represented visually as intersections of the graph of 𝐽0(λ) / 𝐽1 

(λ) with the graph of a straight line through the origin with a 

slope of λ / 𝐵𝑖𝑟 . The general result of the second term of equation 

(2) in the x-direction, on the other hand, is stated as: 

 
�̈� + 𝜷𝟐𝑿(𝒙) = 𝟎 

 

(7) 

𝑿(𝒙) =  𝑪𝟑 𝒔𝒊𝒏(𝜷𝒙) + 𝑪𝟒 𝒄𝒐𝒔(𝜷𝒙)  

 
The coefficient C3 in this equation is readily removed by 

using b.c.(3) in order to meet the criterion, namely, C3 must be 
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equivalent to 0. Then, using convection b.c (4), the following 

required eigenvalue relationship is established: 

 

− 𝜷𝑪𝟒 𝒔𝒊𝒏(𝜷𝒍) =  −
𝒉

𝒌
𝑪𝟒  𝒄𝒐𝒔(𝜷𝒍)  

(8) 

 
This is another eigencondition required for this issue and can 

be represented as the following formula to produce a boolean 

equation for β. 

 

𝒕𝒂𝒏(𝜷𝒄) =  
𝑩𝒊𝒙

𝜷𝒍
 , 𝑩𝒊𝒙  =  

𝒉𝒍

𝒌
 

(9) 

 
where 𝐵𝑖𝑥  is the Biot number in the x-direction equal to hl / 

k. In this case, the infinite roots that fulfil the equation (9) are 

𝛽1𝑥, 𝛽2𝑥, 𝛽3𝑥, ……. 𝛽𝑚𝑥, where βm ˂ βm+1, (m = 1, 2,...); and 

the acceptable values of these positive roots are indicated as the 

intersections of the graph of the cot(λ) with the graph of a straight 

line through the origin with a slope of 𝛽𝑚𝑥 / Bix. 

 

The values of 𝜆𝑚, in this case, like the preceding eigenvalues 

for 𝐽0, are not uniformly distributed and must be determined 

numerically. As the integer m grows, so do these values of 𝜆𝑚, 

and as a result, the intersections become closer to a numerical 

value of π while the cotangent term grows to infinity. 

Consequently, the general solution of the third in the t equation 

is found as: 

 

�̇�(𝒕) + (𝜶𝒏
𝟐 + 𝜷𝒏

𝟐) 𝒂 𝝉(𝒕) = 𝟎 (10) 

𝝉(𝒕) =  𝒆−(𝜶𝒏
𝟐+𝜷𝒏

𝟐) 𝒂𝒕  
 

Because there are an infinite number of references for both n 

and m, the answer is a double summation of all n's and m's. As a 

result, the product solution for θ(r,z,t) = R(r)Z(z)(t) is written as 

follows: 

 

𝜽(𝒓, 𝒙, 𝒕) =  ∑ ∑ 𝑪𝒏𝒎𝑱𝟎(𝜶𝒓) ∗ 𝒄𝒐𝒔(𝜷𝒙) ∗ 𝒆−(𝜶𝒏
𝟐+𝜷𝒏

𝟐)𝜶𝒕

∞

𝒎=𝟏

∞

𝒏=𝟏

 
(11) 

 
There are an unlimited number of roots in r and x, thus the 

initial condition θi is applied and it is supposed that is equivalent 

to a sequence of equations with unknown Cnm. 

 

𝜽𝒊 =  ∑ ∑ 𝑪𝒏𝒎𝑱𝟎(𝜶𝒓) ∗ 𝒄𝒐𝒔(𝜷𝒙)

∞

𝒎=𝟏

∞

𝒏=𝟏

 
(12) 

 
The orthogonality features of Bessel functions and cos 

functions with regard to the weighting factor r across the finite 

interval 0, x, and 0, l are used to solve the following problem. It 

is obtained by multiplying both sides of the equation by J(𝑎𝑛𝑟)*r 

and cos(𝛽𝑚𝑥), then integrating the result throughout the interval 

using the assumption that the integral of the infinite sum is the 

sum of integrals. As a result, formula (12) may be simplified as:  

 

∫ 𝜽𝒊𝒓𝑱𝟎(𝜶𝒏𝒓)𝒅𝒓
𝒂

𝟎

 ∫ 𝒄𝒐𝒔(𝜷𝒎𝒙)
𝒄

𝟎

= 𝑪𝒏𝒎 ∫ 𝒓𝑱𝟎
𝟐(𝜶𝒏𝒓)𝒅𝒓

𝒂

𝟎

 ∫ 𝒄𝒐𝒔𝟐(𝜷𝒎𝒙)
𝒄

𝟎

 

(13) 

 
Calculating the integrals for θi which is equivalent to: 

 

𝜽 =  𝑻𝒊 − 𝑻∞ 

𝜽𝒊 =
𝒂

𝜶𝒏
𝑱𝟏(𝜶𝒏𝒂)

𝐬𝐢 𝐧(𝜷𝒎𝒙)

𝜷𝒎

= 𝑪𝒏𝒎

𝒂𝟐

𝟐
[𝑱𝟏

𝟐(𝜶𝒏𝒂) + 𝑱𝟎
𝟐(𝜶𝒏𝒂)] ∗ [

𝒍

𝟐

+
𝐜𝐨𝐬(𝜷𝒎𝒍)

𝟐𝜷𝒎
 𝒔𝒊𝒏(𝜷𝒎𝒍)] 

(14) 

 
By simplifying the preceding formula, we get: 

 
𝑪𝒏𝒎 = 𝜽𝒊𝑪𝒏𝑪𝒎  

𝑪𝒏𝒎 = 𝜽𝒊

𝟐𝒂𝑱𝟏(𝜶𝒏𝒂)

𝜶𝒏𝒂𝟐[𝑱𝟏
𝟐(𝜶𝒏𝒂) + 𝑱𝟎

𝟐(𝜶𝒏𝒂)]
∗

𝟐𝒔𝒊𝒏(𝜷𝒎𝒍)

𝜷𝒎[
𝒍
𝟐

+
𝒄𝒐𝒔(𝜷𝒎𝒍)

𝟐𝜷𝒎
𝒔𝒊𝒏𝜷𝒎𝒍]

 (15) 

 
As a result, expression (15) yields an equation for the 

constants: 

 

𝑪𝒏 =
𝟐𝒂𝑱𝟏(𝜶𝒏𝒂)

𝜶𝒏𝒂𝟐[𝑱𝟏
𝟐(𝜶𝒏𝒂) + 𝑱𝟎

𝟐(𝜶𝒏𝒂)]
=

𝟐𝑩𝒊𝒂

(𝑩𝒊𝟐 + 𝝀𝟐
𝒏)𝑱𝟎(𝝀𝒏)

 
(16) 

𝑪𝒎 =
𝟐𝒔𝒊𝒏(𝜷𝒎𝒍)

𝜷𝒎[
𝒍
𝟐

+
𝒄𝒐𝒔(𝜷𝒎𝒍)

𝟐𝜷𝒎
𝒔𝒊𝒏𝜷𝒎𝒍]

=
𝟐𝒔𝒊𝒏(𝜷𝒎𝒍)

𝜷𝒎𝒍 + 𝒄𝒐𝒔(𝜷𝒎𝒍)𝒔𝒊𝒏(𝜷𝒎𝒍)
 (17) 

 
The final answer in dimensionless form is achieved by 

substituting these parameters into equation (11): 

 

𝜽(𝒓, 𝒙, 𝒕) = 𝟐𝜽𝒊𝑩𝒊 ∑
𝑱𝟎(𝝀𝒏

𝒓
𝒂

)𝒆−𝝀𝒏
𝟐𝑭𝟎

(𝑩𝒊𝟐 + 𝝀𝟐
𝒏)𝑱𝟎(𝝀𝒏)

∞

𝒏=𝟏

∗ 𝟐 ∑
𝒔𝒊𝒏(𝜷𝒎𝒍)𝒄𝒐𝒔(𝜷𝒙)𝒆−𝜷𝒎

𝟐𝜶𝒕

𝜷𝒎𝒍 + 𝒔𝒊𝒏(𝜷𝒎𝒍)𝒄𝒐𝒔(𝜷𝒎𝒍)

∞

𝒎=𝟏

 

(18) 

 
Where;  

 

𝑭𝟎 =
𝜶𝒕

𝒍𝟐 , 𝒂𝒏𝒍 = 𝝀𝒏, 𝑩𝒊 =  
𝒉𝒍

𝒌
, 𝒍 =

𝑽

𝑨
  

(19) 

RESULTS  
The representation of the analytical solutions is given in the 

following figures. By using the exact analytical solutions listed 

in this section and implemented in Matlab software, the 2D plot 

of temperature per unit length and time is derived.  
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 Figure 3 Temperature distribution at r and x direction as a 

function of time 

 

Figure 4 Temperature distribution at x direction with different 

value of h coeeficient 

 

In detail, the temperature distribution of the analytical solution 

as a function of radial distance and time, and also as a function 

of longitudinal distance is shown in Figure 3, respectively. 

obviously, the filament is cooled suddenly in both directions. 

The rate of cooling for the filament is significantly decreased. 

The cooling rate in the x direction is less than that of the r 

direction takes more time to be cooled. 

Figure 4 shows the temperature profile at  different values  

of heat transfer coefficients, which represents varying operating 

conditions  such as  as cooling of extrudate, speed of extrusion,  

cooling medium e.t.c.  The profile is useful for adjusting  various 

parameters such as extrusion speed, cooling rate and spooling 

mechanism. 

CONCLUSION  
 

The art of reusing materials particularly waste plastics has 

been of interest to the researcher in order to manage the rate of 

waste materials with the help of additive manufacturing when it 

comes to the environment. PET as a kind of material used for 

additive manufacturing, can be a great choice. Considering the 

good quality of the extruded filament, thermal stability and heat 

transfer of extrusion are of importance. In this research study, the 

role of heat transfer of filament extruded from die was 

investigated mathematically. Applying for the unsteady transient 

heat transfer, a circular extruded filament was numerically 

considered in the 2D direction. The numerical results represent 

the time-dependent temperature distribution of filament in radial 

and longitudinal directions. It was found that the cooling rate 

figures for both directions are somehow in the same state, but the 

rate of cooling in the Z direction happened sooner than in the r 

direction. The next research idea would be the heat transfer 

modelling of extruded filament considering all thermal stabilities 

of pre-die (extruder), die, and post-die sections to gain a 

favourable quality of extruded filament applicable for additive 

manufacturing. 
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ABSTRACT  
This study focuses on the development of the 

mathematical model of a direct air-cooling generating unit’s 

cold-end system. This includes the models of steam turbine 

low pressure cylinder, array of axial fans and Air-Cooled 

Condensers (ACCs). The air-cooled condenser’s model 

comprises of energy, draft and steam-side pressure drop 

equations. The complex relations among the components of 

the cold-end system are also emphasized. The developed 

mathematical model of cold-end system is validated by 

comparing its results to the design performance parameters 

of the considered generating unit. The validation is conducted 

at maximum plant load.  The developed model predicts the 

ACC and generating unit performance accurately, with 

negligible discrepancies.  

INTRODUCTION 
In power generation, direct air-cooling system (air-cooled 

condenser) is considered as an economical technique because 

of its water-saving advantages. This is because, the ambient 

air is used as a cooling medium to condense the exhaust 

steam, in order to complete the Rankine cycle. However, air-

cooled condenser (ACCs) performance is sensitivity to 

meteorological and ambient air conditions. In addition to that, 

air has poor heat transfer characteristics and thermodynamic 

properties. This leads to higher backpressure for generating 

unit with direct air-cooling system compared to generating 

unit with water-cooling system [1]. 

Energy efficiency of a thermal power plant strongly 

depends on its boiler-condenser operation conditions. 

However, this study focused on the dependence of the 

generating unit performance on the condenser operation 

conditions. The condenser creates a vacuum which extracts 

more steam from low pressure turbine exhaust, and thus 

create a suction natural phenomenon. The condenser reduces 

the turbine exhaust pressure so as to increase the specific 

output of the turbine [2].  Moreover, the performance of the 

generating unit is mainly depending on the cold-end system 

of the steam turbine [3], which comprises of the last stage of 

the turbine, ACC, ambient air, and the air ejection system, 

whereby, the ACC is the key component.    

NOMENCLATURE 

cp  [J (kg K)⁄ ] Specific heat at constant pressure 

𝑇 ℃ Temperature 

𝑘 [W/(m K)] Thermal conductivity  

h [W (m2⁄ K)] Heat transfer coefficient 

g [m s2⁄ ] Gravitation acceleration 

H [m] Height 

𝑖 [J/kg] Enthalpy 

𝑖𝑓𝑔 [J/kg] Latent heat 

𝐿 [m] Length

𝑚 [kg/s] Mass flow rate 
𝑄 [W] Heat transfer rate 

𝑈 [W/(m2 K)] Overall heat transfer coefficient 

𝑣 [m/s] Velocity  

𝑊 [m] Width 

𝑥 [-] Steam quality 

∆𝑃 [Pa] Pressure drop 

 𝜇 [kg/ (m s)] Dynamic viscosity 

 𝑃𝑟 [-] Prandtl Number 

𝐴𝑓𝑟 [m2] Effective frontal Area 

∆𝑃 [Pa] Losses 

K [-] Loss coefficient 

𝜌 [kg/m3] Density  

n [-] Number  

a, b  [-] Constant 

Subscripts 
(i) Tube row number 
𝑎 Air 
𝑡 Tube  
𝐹 Fan 

𝐹𝑆 Fan static 
𝑣 Vapor  

i Inlet / number of extraction 
stage 

o Outlet  

c Condensate  

ts Tower support 

up/do Obstacles up/ downstream 

m Mean  

ca Fan casing  

ACC performance depends on its air-side and steam-side 

characteristics parameters, as well as on condenser design, 

latent heat amount to be removed, maintenance of the 

condenser, and the air ejection system. The air-side 

characteristics parameters include ambient air flow rate (fan 

rotational speed) and temperature, air-side pressure drop, and 

heat transfer coefficient, while steam-side characteristics 

parameters include condensing temperature and pressure, 

steam-side pressure drop, steam flow rate and condensation 

rate. 

The turbo-generator can be turbine-follow mode or boiler-

follow mode controlled. However, according to [4] the effects 

of the condensing pressure on both modes are similar. In the 

turbine-follow mode-controlled power plant, the generator 

load is controlled by turbine governor. So, in order to 

maintain the steam parameters at the turbine throttle as close 

as possible to their design values, the fuel firing rate and other 

parameters are adjusted by steam boiler control system. This 

enable the plant to operate at the optimum operating 

conditions, which depend on ambient air temperature and 

power demand [5].     
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The content of this study is mainly focused into two 

aspects: Firstly, the mathematical model of a direct air-

cooling generating unit’s cold-end system is developed. This 

includes the models of steam turbine low pressure cylinder, 

array of axial fans and ACC. The ACC model comprises of 

energy, draft and steam-side pressure drop equations. 

Secondly, the developed mathematical model of cold-end 

system is validated by comparing its results to the design 

performance parameters of the considered generating unit.   

 

DESCRIPTION OF THE CONSIDERED DIRECT AIR-
COOLING GENERATING UNIT 

This study investigates a 30MW, direct air-cooling coal-

fired generating unit, and its design parameters are presented 

in Table 1 [6].  

 

Table 1: Design characteristics for the generating unit [6] 
Nominal power, MW 30  

Number of revolutions, RPM 3000  

Live steam pressure, Bar  62.83 

Live steam temperature, ℃ 482  

Live steam flow, kg/s 33.33 

Exhaust steam flow at LP cylinder, kg/s 26.389 

Exhaust steam pressure, kPa 19.62 

Exhaust Steam enthalpy at LP cylinder, kJ/kg 2395  

Exhaust steam content, % 91.3 

Number of extractions ports 5 

 

As shown in a schematic diagram in Figure 1, the 

considered generating unit comprises of drum boiler type and 

a single shaft direct air-cooling condensing steam turbine. 

 

 
Figure 1: Schematic diagram of the considered generating 

unit 

 

The saturated steam produced in the boiler is superheated 

in the primary and secondary super-heaters to high pressure 

and temperature. This steam is partial expanded in the high 

pressure (HP) turbine stage, then in low pressure (LP) turbine 

stage, it expanded to the condenser pressure. In ACCs the 

steam is condensed to liquid by the aid of forced draft axial 

fans. There-after, it piped to the condensate tank before it 

pumped to the feed water heaters, where it pre-heated by the 

steam which is extracted at different turbine ports. This 

enhances the cycle thermal efficiency. 

For the considered generation unit, the ACC units consist 

of three (3) “streets” of A- frame condenser units with 30° 
half-apex angle. Each “street” comprises of three (3) A-frame 

primary condenser units (condensing units) and one (1) A-

frame conventional dephlegmator (CD) unit. The design 

parameters for ACC unit are: cooling air temperature (32.2 

℃), air pressure (82646 Pa) and power consumption at fan 

shaft (600 kW).   

Furthermore, each “street” has four (4) axial fans, 

whereby three (3) fans are supplying air to primary condenser 

units and one (1) is supplying air to CD unit. According to the 

operating manuals [6], the fan speeds for all primary 

condenser units are set at same value, while the speed of CD 

unit fan should not be lower than that of the primary 

condensing units. The fan design performance characteristics 

are depicted in Table 2 [6]. 

 

Table 2: Fan design performance characteristics for the 

ACC’s unit [6] 
Fan type 6 300 PFS/6 

Volumetric flow rate, m3/s 256 

Static pressure, Pa 100 

Power consumption, kW 46  

Speed, rpm 182 

 

Both primary condenser and CD units are comprised of 

tube bundles, which consist of elliptically core tubes with 

rectangular fins threaded on, and are arranged in three rows. 

The ACC geometrical characteristics are presented in Table 3 

[6]. 

Table 3: ACC geometrical characteristics [6] 
 Primary 

condenser 
Dephleg
-mator 

Transversal pitch, mm 38 
Longitudinal pitch, mm 42.5 
Tube length, mm 7200 6440 
Tube height, mm 55 
Tube width, mm 18 
Tube thickness, mm 1.7 
Number of tube rows per 
condenser unit 

3 

Fin pitch per row, mm 4; 3; 2.5 
Tube bundles per condenser 
unit 

3 

Tube bundles per “street” 9 3 
Tube bundles per ACC unit 27 9 
Tube bundles width, mm 2320 
Tube bundles height, mm 293 

 
COLD-END SYSTEM MATHEMATIC MODELLING 

Direct ACC modelling  

The performance model for ACC is adapted from models 

presented in [7] and [8]. Furthermore, similar model was 

employed by [9], to assess the heat transfer characteristics of 

the first stage tube bundle of a hybrid dry wet dephlegmator. 

This model is developed based on UA-AMTD and 

Effectiveness-NTU methods.  

The heat transfer performance calculation of an ACC 

requires simultaneous solution of the energy and draft 

equations. This calculation is performed through iterative 

solution procedure, where the initial values are guessed and 

iterated until they converge. The steam at both entrance and 

exit of ACC is in two-phase region; therefore, dryness along 

the ACC tubes is employed as a crucial variable to define the 

dynamic condensation process of the steam. The adapted 

model was adjusted based on the Figure 2, which shows the 

typical ACC tubes rows allocated between the dividing and 
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combining headers. The steam-side performance parameters 

for each tube row are defined at different locations of the 

tubes as labelled i, ii, iii and iv, whereas tube rows are labelled 

as 1, 2 and 3. 

 
Figure 2: Tubes rows between the dividing and combining 

headers 

 
Energy equation 

In ACC, the heat is transferred from the condensing steam 

inside the inclined tubes to the ambient air flows over the 

tubes. Therefore, the energy equation formulates the heat 

transfer rates balance between the air- and steam-sides. 

 

𝑄 = ∑𝑚𝑎𝑐𝑝𝑎(𝑖)(𝑇𝑎𝑜(𝑖) − 𝑇𝑎𝑖(𝑖))

𝑛𝑟

𝑖=1

=∑𝑚𝑎𝑐𝑝𝑎(𝑖)𝑒(𝑖)(𝑇𝑣𝑚(𝑖)

𝑛𝑟

𝑖=1

− 𝑇𝑎𝑖(𝑖))  

(1) 

The ACC finned tube bundle heat transfer effectiveness, 

𝑒(𝑖), is determined as: 

 𝑒(𝑖) = 1 − exp (−
𝑈𝐴(𝑖)

macpa(𝑖)
)  (2) 

where 𝑈𝐴(𝑖) [W/(m2K)] is the overall heat transfer coefficient 

between the steam and the air, and defined as: 

 𝑈𝐴(𝑖) = (
1

ℎ𝑎(𝑖)𝐴𝑎(𝑖)
+

1

ℎ𝑐(𝑖)𝐴𝑐(𝑖)
)

−1

  (3) 

In [7] the equation for determining experimentally the air-

side thermal conductance for a specific finned tube is 

proposed as: 

 ℎ𝑎(𝑖)𝐴𝑎(𝑖) = Ny(𝑖)ka(𝑖)Afr(𝑖)Pra(𝑖)
1/3

  (4) 

where 𝑁𝑦 [m-1] is the determined experimentally 

characteristic heat transfer parameter and its given form is: 

 Ny(𝑖) = aRy(𝑖)
𝑏   (5) 

where 𝑅𝑦 [m-1] is the characteristic flow parameter and 

defined as: 

 Ry(𝑖) = 𝑚𝑎(𝑖)/𝜇𝑎(𝑖)𝐴𝑓𝑟(𝑖)  (6) 

The condensation heat transfer coefficient for inclined 

tubes is defined by [10] correlation as: 

 

ℎ𝑐(𝑖) = 0.9245 [
𝐿𝑡𝑘𝑐(𝑖)

3 𝜌𝑐(𝑖)
2 𝑔𝑐𝑜𝑠(𝜃)𝑖𝑓𝑔(𝑖)

𝜇𝑐(𝑖)𝑚𝑎(𝑖)𝑐𝑝𝑎(𝑖)𝑋
]

0.25

 

X = (𝑇𝑣𝑚(𝑖) − 𝑇𝑎𝑖(𝑖)) [1 − exp (−
𝑈𝑐(𝑖)𝐻𝑡𝐿𝑡𝐴(𝑖)

matcpa(𝑖)
)] 

(7) 

The air temperature at the exit of the ACC tube bundle can 

be defined from equation (1) as: 

 𝑇𝑎𝑜(𝑖) = 𝑇𝑎𝑖(𝑖) + 𝑒(𝑖)(𝑇𝑣𝑚(𝑖) − 𝑇𝑎𝑖(𝑖)) (8) 

 
Draft equation 

The draft equation signifies the losses of mechanical 

energy that the air experiences as it flows through the ACC’s 

tube bundles. These losses should be overcome by the 

addition mechanical energy supplied by the fan. The fan 

performance characteristic is used to determine the amount of 

mechanical energy to be added by the fan. This is achieved 

by employing the fan static pressure to the volume flow rate 

of air curve. The air-side loss over the ACC unit generally 

consists of losses over the ACC tube bundles, however, the 

obstacles up- and downstream of the bundles and fan, also 

add some losses [8].  

The air-side losses over the ACC tube bundles are defined 

as: 

 ∆𝑝𝐹𝑠 − (∆𝑝𝑡𝑠 + ∆𝑝𝑢𝑝−𝑑𝑜) = ∆𝑝𝑎  (9) 

 ∆𝑝𝑎 = 𝐾𝜃𝑡𝜌𝑎𝑚𝑣𝑎𝑚
2 /2  (10) 

 

∆𝑝𝐹𝑠 = 𝐾𝐹𝑠

(
𝑚𝑎

𝐴𝑐𝑎𝑛𝐹
)
2

2𝜌𝑎𝑚
  

(11) 

For a forced draft system, the Kot is expressed as: 

 

𝐾𝜃𝑡 = 𝐾ℎ𝑒 +
2(𝜌𝑎𝑖 − 𝜌𝑎𝑜)

𝜎𝑚𝑖𝑛
2 (𝜌𝑎𝑖 − 𝜌𝑎𝑜)

+
2𝜌𝑎𝑜

(𝜌𝑎𝑖 − 𝜌𝑎𝑜)
(

1

sin 𝜃𝑚

− 1)(
1

sin 𝜃𝑚
− 1 + 2𝐾𝑐

0.5)

+
2𝜌𝑎𝑖(𝐾𝑑𝑗 + 𝐾𝑜)

(𝜌𝑎𝑖 − 𝜌𝑎𝑜)
 

(12) 

where Khe is the loss coefficient for normal isothermal flow 

through the finned-tube bundle which consider the 

contraction and expansion losses through the bundle. Kdj 

takes into accounts the losses due to the turbulent decay of the 

jet after the bundles, while Ko takes into accounts losses 

during the final mixing process as the flow leaves the ACC 

[8].  

 
Steam-side pressure drop 

The steam-side pressure changes as steam is condensed. 

This is due to condensation process and the effects of the 

frictional, momentum and gravitational/ static through the 

condenser tubes as shown in equation (13).  
 ∆𝑝𝑠 = ∆𝑝𝑠𝑡 + ∆𝑝𝑚 + ∆𝑝𝑓 (13) 

where, Δpst [Pa] is the elevation head pressure drop; Δpm [Pa] 

is the momentum pressure term. This is a momentum 

recovery for condensing steam flows, because at the inlet, the 

steam is less- dense, therefore its kinetic energy is greater than 

that of the more-dense liquid condensate at outlet. Δpf  [Pa] is 

the pressure drop due to friction. This normally is defined by 

employing the empirically-based models. According to [11], 

the momentum recovery can reduce the pressure drop through 

the tube bundle by offsetting the frictional losses. However, 

this phenomenon is always not a case, because different 

empirical models showed inconsistent results. 

The extreme pressure drop decreases the temperature 

difference between the saturated steam and ambient air, (∆𝑇 =

𝑇𝑣𝑚 − 𝑇𝑎𝑖) [℃]. This is because the temperature and pressure 

of the saturated steam flowing through the condenser tubes 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 665 of 1061



4 

 

are codependent. The Low ∆𝑇  can badly affect the ACC’s 

heat transfer characteristics. According to [12], the overall 

change of condenser steam-side pressure should not be 

greater than 20% of the operating pressure.  

The momentum and gravitational/ static pressure drop are 

given respectively as: 
 ∆𝑝𝑠𝑡 = 𝜌𝑣𝑖𝑖𝑔𝐿𝑡 𝑠𝑖𝑛 𝜃 (14) 

 ∆𝑝𝑚 = 𝜌𝑣𝑖𝑖(𝑣𝑣𝑖𝑖𝑖
2 − 𝑣𝑣𝑖𝑖

2 ) (15) 

Regardless multiple studies conducted to determine 

friction pressure drop in two-phase liquid-vapor flow, no 

accurate analytical model yet found [13] and [12]. Most of the 

available models are based on the experimental approach, and 

therefore they were developed for a particular set of 

fluids/flow conditions/geometries. For that reason, these 

models perform and predict the pressure drop well only on 

limited range of the database which corresponding to the 

conditions in which they were established. Hence, the 

inconsistence of about 50% have found between some 

empirical models [14]. [12] and [11], in attempt to validate 

the most applicable model, Authors compared [15] theoretical 

two-phase pressure drop models to the experimental value. In 

general, the results agreed, however, at higher steam flow 

rates there are some deviations. 

Therefore, in this study, the equation used in [16] study to 

calculate the pressure difference in ACC tubes between 

dividing and combining headers was adopted. This equation 

was initially derived by [17], however, the Authors assumed 

the completely condensation of all the steam entering the 

tube, which was not a case in [16]. 

 𝑑𝑃𝑣𝑓 = 𝑓𝐷𝑒𝜌𝑣𝑣𝑣
2
𝑑𝑧

𝑑𝑒
 (16) 

where 𝑓𝐷𝑒 is interfacial friction factor which is determined as: 
 𝑓𝐷𝑒 = 𝑓𝐷(𝑎1 + 𝑎2/𝑅𝑒𝑣) (17) 

By integrating equation (16) over the entire tube length, it 

becomes: 

 
∆𝑝𝑓 =

0.1582𝜇𝑣𝑖𝑖
2 𝐿𝑡

𝜌𝑣𝑖𝑖𝑑𝑒
3(𝑅𝑒𝑣𝑖𝑖𝑖 − 𝑅𝑒𝑣𝑖𝑖)

[
𝑎1

2.75
(𝑅𝑒𝑣𝑖𝑖𝑖

2.75 − 𝑅𝑒𝑣𝑖𝑖
2.75)

+
𝑎2

1.75
(𝑅𝑒𝑣𝑖𝑖𝑖

1.75 − 𝑅𝑒𝑣𝑖𝑖
1.75)] 

(18) 

where de [m] is the hydraulic diameter of the tube, and value 

a1 and a2 are expressed as: 

 
a1 = 1.0649 + 1.0411 × 10−3𝑅𝑒𝑣𝑛

− 2.011 × 10−7𝑅𝑒𝑣𝑛
3   

(19) 

 a2 = 290.1479 + 59.3153𝑅𝑒𝑣𝑛

+ 1.5995 × 10−2𝑅𝑒𝑣𝑛
3   

(20) 

The Reynolds number normal to the surface is defined as 

 Revn =
𝑅𝑒𝑣𝑖𝑖𝑊𝑡

2𝐿𝑡
−

𝑅𝑒𝑣𝑖𝑖𝑖𝑊𝑡

2𝐿𝑡
 (21) 

And the local Reynolds number can now be expressed as 

 Reviii =
𝜌𝑣𝑖𝑖𝑖𝑣𝑣𝑖𝑖𝑖𝑑𝑒

𝜇𝑣𝑖𝑖𝑖
 (22) 

 

Array of axial fans modelling  

The axial fan array rotation speed is used to regulate the 

turbine back pressure, by stimulating the condensation 

process of steam. This is because the turbine back pressure is 

associated to the temperature of the exhaust steam [18]. The 

characteristic parameters of axial fans change with their 

operating states. Therefore, the performance of fan at off-

design condition can be attained by employing the fan laws 

of dimensional similarity at the design conditions as in 

equations (24) to (26). 

 
𝑉𝑓

𝑉𝑓𝑚
= (

𝐷𝑓

𝐷𝑓𝑚
)

3
𝑁𝑓

𝑁𝑓𝑚
 (23) 

 ∆𝑃𝑠𝑓

∆𝑃𝑠𝑓𝑚
=

𝜌𝑎

𝜌𝑎𝑚
(

𝐷𝑓

𝐷𝑓𝑚
)

2

(
𝑁𝑓

𝑁𝑓𝑚
)

2

 (24) 

 𝑃𝑓

𝑃𝑓𝑚
=

𝜌𝑎

𝜌𝑎𝑚
(

𝐷𝑓

𝐷𝑓𝑚
)

5

(
𝑁𝑓

𝑁𝑓𝑚
)

3

 (25) 

where, 𝑉𝑓  [m3/s], ∆𝑃𝑠𝑓 [Pa], 𝑃𝑓 [W], 𝜌𝑎  [kg/m3], 𝐷𝑓 [m] and 

𝑁𝑓 [rmp] respectively are: volumetric flow rate, static 

pressure rises, power consumption, density of air, fan 

diameter and rotational speed. When the fan is operating 

under designed conditions, its operating parameters are equal 

to that with subscript ‘m’. In this study the performance of the 

same axial fan is analyzed at different speeds and ambient air 

temperatures, therefore, (𝐷𝑓 = 𝐷𝑓𝑚). 

 

Steam turbine low pressure cylinder modelling 

In this section the models for determining the turbine 

exhaust mass flow rate and enthalpy are developed. This is 

essential because, the changes in turbine exhaust mass flow 

rate and enthalpy signifies the effects of the backpressure on 

the low-pressure turbine section output power. 

 
Exhaust steam mass flow rate calculation 

The method of regenerative system heat balance is used 

to calculate the turbine exhaust steam mass flow rate, since it 

considered to be the most accurate, as well as it is convenient 

to implement [19]. This method incorporates the mass and 

energy conservation principles to derive the general matrix 

equation of steam-water distribution [20]. 

The steam turbine of considered generating unit has five 

(5) extraction ports/ stages, one (1) on the HP turbine stage 

and four (4) on the LP turbine stage. The extracted steam is 

feed to five (5) different heaters, as shown in Figure 3. The 

cycle is made up of four (4) surface heaters (2 HP and 2 LP) 

and one (1) direct contact heater (deaerator). In order to derive 

the equations those, describe the mass and energy balance of 

each heater, the control volumes are taken around each heater, 

and the mass and energy conservation principles are applied 

to each control volumes.   

The extraction steam enthalpy changes(𝑞𝑒) are expressed 

as: 

For the surface heater  

 𝑞𝑒𝑖 = 𝑖𝑒𝑖 − 𝑖𝑑𝑖 (26) 

For direct contact heater 

 𝑞𝑒𝑖 = 𝑖𝑒𝑖 − 𝑖𝑤𝑖  (27) 

The feed water enthalpy changes(𝑞𝑓𝑤) for both surface 

and direct contact heaters are expressed as: 

 𝑞𝑓𝑤𝑖 = 𝑖𝑤𝑖 − 𝑖𝑤𝑖+1 (28) 

The drainage flow enthalpy changes(𝑞𝑑) are expressed as: 

For the surface heater  
 𝑞𝑑𝑖 = 𝑖𝑑𝑖+1 − 𝑖𝑑𝑖 (29) 

For direct contact heater 
 𝑞𝑑𝑖 = 𝑖𝑑𝑖+1 − 𝑖𝑤𝑖 (30) 

where subscript i is number of extraction stage, 𝑖𝑒[kJ/kg] is 

extraction enthalpy, 𝑖𝑑  [kJ/kg] is drainage enthalpy, 𝑖𝑤  [kJ/
kg] is heated water enthaply. Since the aim is to compute the 

turbine exhaust steam mass flow rate, the derivation of 

equations begins at the heater with extraction from HP turbine 

stage, and then proceeds to the one that taps from LP turbine 

stage toward the turbine exit.  
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Surface heater 5: HP 
 𝑚e5(𝑖e5 − 𝑖d5) = 𝑚𝑓𝑤(𝑖w5 − 𝑖w4) (31) 

Surface heater 4: HP 
 𝑚e5(𝑖d5 − 𝑖d4) + 𝑚e4(𝑖e4 − 𝑖d4) = 𝑚𝑓𝑤(𝑖w4 − 𝑖w3) (32) 

Direct contact heater 3 

 
𝑚e5(𝑖d4 − 𝑖w3) + 𝑚e4(𝑖d4 − 𝑖w3) + 𝑚e3(𝑖e4 − 𝑖w4)

= 𝑚𝑐𝑤(𝑖w3 − 𝑖w2) 
(33) 

Surface heater 2: LP 
 𝑚e2(𝑖e2 − 𝑖d2) = 𝑚𝑐𝑤(𝑖w2 − 𝑖w1) (34) 

Surface heater 1: LP 
 𝑚e2(𝑖d2 − 𝑖d1) + 𝑚e1(𝑖e1 − 𝑖d1) = 𝑚𝑐𝑤(𝑖w1 − 𝑖cw) (35) 

where 𝑚ei, 𝑚𝑓𝑤, 𝑚𝑐𝑤  [kg/s] and 𝑖cw [kJ/kg] are the steam 

mass flow rate of 𝑖𝑡ℎ extraction stage; boiler feed water flow; 

condensate water flow; enthalpy of condensate water, 

respectively. 

Equation (31) to (35) can be re-written into matrix form as: 

 𝐴.𝑚𝑒 = 𝑚𝑤. 𝐵 (36) 

where  

 𝐴 =

[
 
 
 
 
𝑞𝑒5 0 0 0 0
𝑞𝑑4 𝑞𝑒4 0 0 0
𝑞𝑑3 𝑞𝑑3 𝑞𝑒3 0 0
0 0 0 𝑞𝑒2 0
0 0 0 𝑞𝑑1 𝑞𝑒1]

 
 
 
 

 (37) 

 𝐵 =

[
 
 
 
 
𝑞𝑓𝑤5

𝑞𝑓𝑤4

𝑞𝑓𝑤𝑖3

𝑞𝑓𝑤2

𝑞𝑓𝑤1 ]
 
 
 
 

 (38) 

 𝑚𝑒 =

[
 
 
 
 
𝑚𝑒5

𝑚𝑒4

𝑚𝑒3

𝑚𝑒2

𝑚𝑒1]
 
 
 
 

 (39) 

 𝑚𝑤 =

[
 
 
 
 
𝑚𝑓𝑐𝑤 0 0 0 0

0 𝑚𝑓𝑐𝑤 0 0 0

0 0 𝑚𝑐𝑤 0 0
0 0 0 𝑚𝑐𝑤 0
0 0 0 0 𝑚𝑐𝑤]

 
 
 
 

 (40) 

From equation (36), the steam mass flow rate from each 

extraction stage can be calculated as: 

 𝑚𝑒 = 𝐴−1. 𝑚𝑤. 𝐵 (41) 

Then the flow rate of the exhausted steam to ACC can be 

computed as: 

 𝑚𝐴𝐶𝐶 = 𝑚𝐵 − ∑𝑚𝑒 (42) 

where the 𝑚𝐵 [kg/s] is the turbine live steam mass flow rate 

from the boiler. 

 
Figure 3: Schematic diagram of the unit regenerative 

extraction cycle  

 
Exhaust steam enthalpy calculation 

The changes in backpressure of the turbine influence the 

pressure ratio in the last stage of the turbine, and as a 

consequence, the exhaust steam enthalpy alters. The enthalpy 

at the turbine exit (𝑖ACC) is a function of the turbine exhaust 

pressure, which mainly depends on the condensing pressure 

and temperature of the ACC. For the ideal conditions, the 

ACC condensing pressure is equal to the turbine exhaust 

pressure. However, when the pressure drop on the steam-side 

is considered, the condensing pressure is less than turbine 

exhaust pressure. The condensing temperature or mean 

temperature (𝑇𝑣𝑚) for both primary and dephlegmator are 

computed by employing equation (43).  

 𝑇𝑣𝑚 =
𝑇𝑎,𝑜𝑢𝑡 − 𝑇𝑎,𝑖𝑛

𝜀
+ 𝑇𝑎,𝑖𝑛   (43) 

For the entire ACC, the condensing temperature is defined 

from the total heat transfer rate as: 

 

𝑄𝑇 = �̇�𝑐𝑖𝑓𝑔(𝑇𝑣𝑚) =  [�̇�𝑎𝐶𝑝𝑎(𝑇𝑎,𝑜𝑢𝑡

− 𝑇𝑎,𝑖𝑛)]
𝑝𝑟𝑖𝑚𝑎𝑟𝑦

+ [�̇�𝑎𝐶𝑝𝑎(𝑇𝑎,𝑜𝑢𝑡

− 𝑇𝑎,𝑖𝑛)]
𝑑𝑒𝑝ℎ𝑙𝑒𝑔𝑚𝑎𝑡𝑜𝑟

 

(44) 

where mc [kg/s] is total condensation rate, and is defined as: 

 �̇�𝑐 = 𝑚𝑐,𝑝𝑟𝑖𝑚𝑎𝑟𝑦 + 𝑚𝑐,𝑑𝑒𝑝ℎ𝑙𝑒𝑔𝑚𝑎𝑡𝑜𝑟   (45) 

and 𝑖𝑓𝑔(𝑇𝑣𝑚) is enthalpy of vaporization corresponding to the 

condensing temperature. Knowing the steam-side pressure 

drop and condensing pressure, the turbine exhaust pressure 

can be determined. Steam mass flow rate in the HP and LP 

turbine stages are expressed respectively, as: 
 

 𝑚𝐵 = 𝑚e5 + 𝑚T (46) 

    𝑚T = 𝑚e4 + 𝑚e3 +  𝑚e2 + 𝑚e1 + 𝑚ACC (47) 

The power generated at each extraction stage is calculated 

as: 
 

𝑊B−5 = 𝑚B(𝑖B − 𝑖e5) (48) 

 𝑊5−T = (𝑚B − 𝑚e5) (𝑖e5 − 𝑖T) (49) 

 𝑊T−4 = �̇�T(𝑖T − 𝑖e4) (50) 

 𝑊4−3 = (�̇�T − �̇�e4) (𝑖e4 − 𝑖e3) (51) 

 𝑊3−2 = (�̇�T − �̇�e4 − �̇�e3) (𝑖e3 − 𝑖e2) (52) 

 𝑊2−1 = (�̇�T − �̇�e4 − �̇�e3 − �̇�e2) (𝑖e2 − 𝑖e1) (53) 

 𝑊1−ACC = (�̇�T − �̇�e4 − �̇�e3 − �̇�e2 − 𝑚e1) (𝑖e1

− 𝑖ACC) 
(54) 

The power generated in the HP and LP turbine stages 

respectively are 
 

𝑊𝐻𝑃 = 𝑊B−5 + 𝑊5−T (55) 
 

𝑊𝐿𝑃 = 𝑊T−4 + 𝑊4−3 + 𝑊3−2 + 𝑊2−1 + 𝑊1−ACC (56) 

In terms of exhaust steam mass flow rate, the gross turbine 

output power is: 
 

𝑊𝑇 = 1.307047601�̇�𝐴𝐶𝐶(𝑖𝐵 − 𝑖𝑒5) +
1.2411925�̇�𝐴𝐶𝐶(𝑖𝑒5 − 𝑖𝑇) + 1.24119251�̇�𝐴𝐶𝐶(𝑖𝑇 −
𝑖𝑒4) +  1.187117�̇�𝐴𝐶𝐶(𝑖𝑒4 − 𝑖𝑒3) +
1.13532172�̇�𝐴𝐶𝐶  (𝑖𝑒3 − 𝑖𝑒2) +
1.056814408�̇�𝐴𝐶𝐶(𝑖𝑒2 − 𝑖𝑒1) +
  1.003426541�̇�𝐴𝐶𝐶(𝑖𝑒1 − 𝑖𝐴𝐶𝐶)  

(57) 
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VALIDATION OF COLD-END SYSTEM 
MATHEMATIC MODEL 

To test the precision of the developed model, its 

performance is validated against the design performance data 

of the considered generation unit. Therefore, the model is run 

at design conditions of the ACC system, as well as using the 

geometrical characteristics in Table 3. The maximum heat 

transfer rate of ACC is calculated by using the steam content, 

mass flow rate, and the corresponding enthalpy of the exhaust 

steam. In this case the exhaust steam enthalpy is that 

corresponding to exhaust steam pressure. 

 
𝑄𝑚𝑎𝑥 = 𝑚𝑠𝑥𝑠𝑖𝑓𝑔 = 26.389 × 0.913 × 2404

= 57919.95 kW = 57.92 MW  
(58) 

All the operating parameters which define the 

performance of the ACC on both steam and air-sides are 

recorded for both primary condenser and CD units. The net 

power plant output is calculated by subtracting the total fan 

power consumption from the steam turbine output power as 

 𝑊𝑛𝑒𝑡 = 𝑊𝑡 − 𝑃𝐹𝑡 (59) 

Some of the calculated variables for each tube bundle row, 

and for both primary condenser and CD units, as well for 

entire ACC units are shown in Figure 4 to 9. From Figure 4, 

it is clear that the highest heat transfer rate is achieved in the 

first tube row (row 1), which comes into contact with the 

ambient air first. This is due to the high temperature 

difference between the condensing and air temperature in the 

first tube row, which decreases as the air flows through the 

tube bundle as presented in Figure 5. Figure 6 shows that the 

steam-side pressure drop is high in tube row 1. This is due to 

the higher condensation of steam in this tube row as shown in 

Figure 7, which results on higher steam velocity at the inlet 

of tube row 1. This is clearly depicted in Figure 8.  

As it can be seen in Figure 9, the momentum pressure loss 

is a negative term, thus it is a pressure recovery for steam 

condensation.  The momentum recovery is found to be in the 

same order of magnitude as the friction pressure drop. This 

concurs with [12] findings for study of the steam-side 

characterization of modular ACC. Furthermore, in [12] study, 

it was found that this closer or same order of magnitude leads 

to small pressure drop in the tube bundle, when the geodetic 

pressure drops are not considered, this is also shown in Figure 

9 as ∆𝑃𝑡  [𝑃𝑎]. As stated by [11], the momentum recovery 

phenomenon is always not a case as this depends on empirical 

model used to define friction pressure drop. Thus, in tube row 

2 the momentum recovery does not completely offset the 

effect of friction pressure drop. Most of the above-discussed 

phenomena are applicable to both primary condenser and CD 

units. 

 
Figure 4: Heat transfer rate per tube row  

 
Figure 5: Temperature difference between condensing and 

ambient air per tube row  

 
Figure 6: Steam-side pressure drop per tube row  

 
Figure 7: Condensation rate per tube row  

 
Figure 8: Steam inlet velocity per tube row  

 
Figure 9: Frictional and momentum pressure losses rate per 

tube row  
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The comparison of the model performance data to design 

performance data of ACC and turbine exhaust conditions is 

presented in Table 5. The percentage error is computed as: 
 

𝐸𝑟𝑟𝑜𝑟 = (
𝑑𝑒𝑠𝑖𝑔𝑛 𝑝𝑎𝑟.−𝑐𝑎𝑙𝑐.𝑝𝑎𝑟.

𝑑𝑒𝑠𝑖𝑔𝑛 𝑝𝑎𝑟
) × 100%  (60) 

From the results in Table 5, it is clear that the developed 

model predicts the ACC and plant unit performance 

accurately, with negligible discrepancies. The average steam-

side pressure drop of the model is 736.78 Pa, which is about 

4% of the condensing pressure (𝑃𝑣𝑚 = 19.00 𝑘𝑃𝑎). This is 

less than 20% as it was indicated by [12], that the overall 

change of condenser steam-side pressure drop should not be 

greater than 20% of the operating pressure.  

Due to the pressure drop consideration, the obtained 

exhaust steam pressure is less than the design. This leads to 

the decrease in exhaust steam pressure by 2.51 mbar, which 

results in an increase of the enthalpy difference at the turbine 

exit. Thus, the turbine power output increases with 1.73%. 

Furthermore, the decrease of the condensing pressure and 

corresponding temperature, consequences in the dropping of 

temperature difference between condensing and ambient air 

temperature (∆𝑇 = 𝑇𝑣𝑚 − 𝑇𝑎𝑖) consequently, the heat 

transfer rate drops. Thus, 0.75% of steam is uncondensed and 

it is ejected into the atmosphere. 

 

CONCLUSION  
The cold-end system of an existing generating unit was 

modeled. The developed model was validated against the 

design performance parameters of the considered unit. It was 

found that the model accurate predicts the ACC and steam 

turbine end-stage performance. The discrepancies between 

the results may due to the round-up of the values during the 

iteration process, as well as due to the accuracy of the 

correlations used to predict the steam-side pressure drop, 

specifically, the frictional steam-side pressure drop. 

Furthermore, the obtained results agree well with literatures. 
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ABSTRACT
In this paper, molecular dynamics simulation was used to

study the physical properties of refrigerant water molecules in
LiBr aqueous solution passing through the porous hydrophobic
membrane during membrane base generator generation. The
hydrophobic membrane allows only gaseous water molecules to
leave. The microstructure changes of lithium bromide aqueous
solution with different mass fractions at different temperatures
were investigated. The density distribution of ions and water
molecules, the radial distribution function of ions with
hydrogen and oxygen atoms in the liquid phase of lithium
bromide aqueous solution, and the diffusion coefficient, and
trajectory distribution of refrigerant water molecules in the
hydrophobic membrane were calculated and analyzed. The
simulation results show that Br ions and Li ions exist as
hydrated ions near the interface of lithium bromide aqueous
solution. The intensity of interaction between the two ions and
oxygen atoms in water molecules is different. The transport
form of refrigerant molecules in the hydrophobic membrane is
hopping, that is, refrigerant molecules jump from a cavity to an
adjacent cavity within a certain residence time. When the
structure parameters of the hydrophobic membrane are constant,
the positive influence of temperature value on the diffusion
behavior of water molecules decreases with the increase of
proportion, that is, the free volume fraction in the hydrophobic
membrane also plays a key role in the diffusion of water
molecules. Compared with the traditional boiling process, the
existence of hydrophobic membrane has a certain barrier to the
diffusion of water molecules. However, the difference will be
continuously reduced by strengthening the research on the
optimization of hydrophobic membrane structure and the
progress of preparation technology. In addition, the advantages
brought by the application of hydrophobic membrane in an
absorption refrigeration system are far greater than the
disadvantages of its existence.

INTRODUCTION
Absorption refrigerators have received extensive attention

in recent years due to their low power consumption, low noise,

simple structure, safety and reliability, can be driven by low-
grade thermal energy, and are environmentally friendly. The
generator is an important component that affects the efficiency
of the absorption refrigeration unit. The application of the
microchannel membrane generator in the absorption
refrigeration system can reduce the size of the refrigeration
system itself, achieve higher heat and mass transfer rates in the
process of utilizing low-grade heat sources, and can make the
solution independent of orientation, which flipping or tilting the
part does not affect its performance [1-3], This makes
absorption refrigeration has broad market prospects. At present,
the geometrical dimensions of the membrane generator and the
corresponding operating conditions are constantly optimized by
experiments and numerical simulation to improve their
performance [4,5]. The hydrophobic membrane is a key part of
the generator, but there is not found in the open literature that
the generator can be further improved by improving the
structure of the hydrophobic membrane. To improve the
structure of the hydrophobic membrane to further improve the
performance of the generator, it is necessary to understand the
specific transmission of refrigerant in the hydrophobic
membrane. With the development of computer technology,
molecular simulation has become a parallel method with
experiments and has been widely used [6-8]. The motivation of
this paper is to use molecular simulation (the molecular
dynamics simulation software LAMMPS package [9] was used)
to study the distribution structure of water molecules around
ions (water-lithium bromide is the most popular working fluid
pair in absorption refrigeration.) and the transport behavior of
refrigerant molecules in common PTFE hydrophobic
membrane.

Further study of the generation process from the
micro/nano scale using molecular simulations will help to
strengthen the optimal design of membrane-based generators,
which is very meaningful.

NOMENCLATURE

D [Å2/ps] Diffusion coefficient
E [kcal/mol] Energy
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q [e] Charge
T [K] Temperature
r [Å] Distance
L [nm] Distance
N [-] Number of molecules
x [Å] Cartesian axis direction
y [Å] Cartesian axis direction
z
NVT
NPT

[Å]
[-]
[-]

Cartesian axis direction
Canonical ensemble
Constant-pressure, constant-temperature

Special characters
ε [kcal/mol] Energy parameter in LJ
σ [Å] Length parameter in LJ
ρ [g/cm3] Molecular density of water
ρ [mol/L] Ion density

Subscripts
m Ions or water molecules or PTFE
n Ions or water molecules or PTFE
i Water molecules
j Water molecules
k Ions
l Ions
Br- Br ion
Li+ Li ion

MODEL AND SIMULATION DETAILS
As shown in Figures 1(a) and (b), both simulated systems

are enclosed in a box of size LxLyLz (Lx = Ly=3.51 nm), with
periodic boundary conditions in all directions, the specific
dimensions are given in the figure. The function of the rigid
piston in Fig. 1(a) is mainly to give the lithium bromide
solution an attachment wall, and the rigid piston in Fig. 1(b)
also acts as a gas-liquid separation in addition to the attachment
function. In Figure 1(a), the function of placing a fixed high-
concentration lithium bromide aqueous solution (60 wt%) at the
right end is mainly to absorb the refrigerant molecules
generated during the generation process on the left side, which
is convenient for subsequent statistics. The reason why the
high-concentration lithium bromide aqueous solution is not
placed at the right end of Figure 1(b) is that the existing
hydrophobic membrane also plays the role of dividing the gas-
liquid two phases.

The number of ions and water molecules contained in the
investigated system is shown in Table 1. The SPC/E model [10]
is used for water molecules, and the Lennard-Jones spheres
with point charges at the center are used for Li+ and Br- in
lithium bromide aqueous solution. The hydrophobic membrane
used consists of PTFE and the PTFE membrane was
constructed with six polymer chains. PTFE chains were
prepared with degrees of polymerization (DP) of 50. The
consistent-valence forcefield is a generalized forcefield. CVFF
forcefield can handle peptides, proteins and a wide range of
organic molecules [11]. Therefore, this force field is used in
this paper to deal with the PTFE hydrophobic membrane.
Throughout the simulation, the potential energy function
consists of an L-J term and a Coulomb term. where the L - J
terms are given by:

12 64( ) ( ) ( )LJ mn mn
mn

mn mn

E r
r r
 


 

  
 

(1)

where m and n represent ions or water molecules or f or c
atoms in PTFE, and r represents the distance between m and n.
Coulomb electrostatic interactions between water-water, water-
ion, and ion-ion are given by:
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where i and j represent different water molecules, k and l
represent ions, and r represents distance.

Br
q e   ,

Li Br
q q   , The L - J parameter between Li + -Li + [12] is

2.12645
Li Li

  


0.0764793
Li Li
  


The L - J parameter between Br- -Br- [13] is

Br Br
4.62376  



0.37656
Br Br
  


The L-J parameters between different atoms follow the
geometric mean.

Figure 1 System to simulate mass transport. (a) Conventional
generator; (b) Membrane-based generator; (c) Diffusion

coefficient calculation model.

The system needs to be equilibrated before performing
molecular simulations. The system in Figure 1(a) is treated by
equilibrating on the NVT ensemble for 1 ns at a temperature of
303.15 K and a time step of 1 fs. The system in Figure 1(b) is
treated by first annealing the hydrophobic membrane, followed
by the same treatment as in (a). The annealing process for the
hydrophobic membrane consists of four steps. Initially, the
simulation ran for 105 timesteps (time step = 1 fs) using NVT
dynamics at 500 K followed by relaxation for 5 ×105 timesteps
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(time step = 0.5 fs) using NPT dynamics at 500 K. The next
relaxation cooled the structure down to the 303.15 K for 5 ×105

timesteps followed by further relaxation of 5 ×105 timesteps at
the 303.15 K. After the initial equilibration to minimize the
energy, all MD simulations were carried out in the NVT
ensemble for 2 ns at different target temperatures. All atoms of
the membrane and barrier sheet (pristine graphene) were held
fixed in the MD simulations whereas the water molecules and
ions were free to move. Position coordinates, velocity
coordinates, force, and energy are saved every 1 ps during the
simulation for subsequent analysis of the results.

Table 1 The number of lithium ions, bromide ions and
water molecules

System LiBr
(wt%) T/K NLi+ NBr- NH2O Membrane

1 20 393.15 52 52 1000 no
2 40 393.15 138 138 1000 no
3 60 393.15 311 311 1000 no
4 40 353.15 138 138 1000 yes
5 40 393.15 138 138 1000 yes
6 40 433.15 138 138 1000 yes
7 0 353.15 0 0 295 yes
8 0 393.15 0 0 295 yes
9 0 433.15 0 0 295 yes

RESULTS AND DISCUSSION
For different mass fractions of lithium bromide aqueous

solution at different temperatures, the density distribution
inside the solution and the microstructure change in the solution
during the generation process, the radial distribution function of
ions with hydrogen and oxygen atoms of water molecules in the
liquid phase of lithium bromide aqueous solution, and the
diffusion coefficients of refrigerant water molecules in the
hydrophobic membrane were calculated and analyzed.

Density Distribution
Figure 2 represents the lithium bromide aqueous solution

with mass fractions of 20%、40% and 60% respectively, the
density distribution of water molecules, Li+ and Br- along with
the interface normal direction at 303.15 K, where the unit of
water molecule density is kg/m3, and the unit of Li+ and Br- is
mol/L.

It can be seen from the figure that when the mass fraction
of the lithium bromide aqueous solution is small, as shown in
Figure 1(a), the density distribution curves of Li+ and Br- have
small and uniform fluctuations from the interior of the solution
to the gas-liquid interface. When the number of ions contained
is relatively large, as shown in Figures 1 (b) and (c), the density
curves of anions and cations increase in oscillation amplitude
and show obvious peaks when the liquid phase is close to the
gas-liquid interface. The peak arises because the ions behave as
hydrated hard spheres that are excluded from the interface
[14,15]. Indicating that ions are hydrated near the interface, that
is, in the form of hydrated ions.

Structure of Water Molecules around Ions
To study the structure of water molecules around ions, this

section calculates the radial distribution functions of ions with
hydrogen and oxygen atoms in water molecules in the liquid
phase at different temperatures.

Figure 2 The density of water and Li+、Br- along with the
normal of the interface for different concentrations

at303.15 K. (a) LiBr (20 wt%); (b) LiBr (40 wt%); (c) LiBr (60
wt%).

Select systems 4-6 to study the structural changes of water
molecules around Li+ and Br- in the liquid phase at different
temperatures. Figures 3 (a) and (b) show the radial distribution
function between Br--O and Br--H in the liquid phase,
respectively. Compared with Figure 4, the peak values of the
first peak of Br-O and Br-H are both smaller than those of the
corresponding peaks of Li-O and Li-H, which reflects the weak
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interaction between Br- and water molecules; the number of
radial distribution function peaks between Br- - H is more than
that of Br- - O, which is because there are two hydrogen atoms
in water molecules; the first peak position of the Br- - O radial
distribution function is between the first and second peak
positions of the Br- - H radial distribution function, so, in the
water molecule near Br-, one of the hydrogens of the water
molecule is toward Br-. Figures 4(a) and (b) show the radial
distribution functions of Li+-O and Li+-H in the liquid phase,
respectively. It can be seen from the figure that compared with
Br-, the first peak of the radial distribution function of Li+ - O is
higher, which reflects the strong interaction between Li+ and
oxygen; the location of the first maximum peak value of Li+ -H
radial distribution function (z=3Å) is greater than that of Li+ -O
radial distribution function (z=2.3Å). So, in the water molecule
near Li+, the oxygen in the water is toward Li+, and the
hydrogen is toward the liquid phase. In addition, it is also found
in Figure 3 and Figure 4 that with the increase of temperature,
the peak position does not change, and the peak value shows a
decreasing trend with the increase of temperature, and the
decline range decreases, which once again verifies lithium
bromide has a high affinity for water molecules [16].

Figure 3 The Br--O (a) and Br--H (b) radial distribution
functions in the bulk liquid.

Calculation and Analysis of Diffusion Coefficient
Select systems 7-9 to study the effect of generation

temperature on the diffusion behaviour of gaseous water
molecules in the hydrophobic membrane. The model is shown
in Fig. 1(c), the box boundary are all periodic boundary
conditions, that is, the hydrophobic membrane is regarded as

infinite. The number of selected water molecules is the total
amount of gaseous water molecules produced by system 2
during the simulation process. It is assumed that all these
gaseous water molecules finally enter this infinite hydrophobic
membrane, therefore, the diffusion of the upper limit gaseous
water molecule value that can be generated in the hydrophobic
membrane under the simulation conditions is studied.

Figure 4 The Li+-O (a) and Li+-H (b) radial distribution
functions in the bulk liquid.

Figure 5 is a graph of the mean square displacement (MSD)
of the gaseous water molecules in the obtained hydrophobic
membrane versus time. The slope of the mean square
displacement curve is proportional to the particle diffusion
coefficient. It can be seen from the figure that the movement of
water molecules in the system is relatively stable under various
temperature conditions. According to Einstein ’s diffusion law
[17], the correspondence between the mean square
displacement and the diffusion coefficient of the molecule was
shown in eq. (5). Thus, the diffusion coefficient of molecular
can be calculated from eq. (6). The obtained diffusion
coefficient values at different temperatures are shown in Table
2. It was found that the increase in temperature can accelerate
the diffusion of gaseous water molecules in the hydrophobic
membrane, in addition, it can also be seen that when the free
volume fraction of the hydrophobic membrane is constant, the
promotion of temperature on the diffusion behaviour of
molecules in the membrane gradually decreases. It can be seen
that it is necessary to strengthen the improvement of the
hydrophobic membrane structure to give full play to the effect
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of heat source temperature.
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where ri(t) is the position of molecule i at time t; ri(0) is the
position of molecule i at the initial moment; D is the diffusion
coefficient; t is the time; N is the number of molecules.

Figure 5MSD of the water molecule in the hydrophobic
membrane at different temperatures.

Table 2 Simulation of the diffusion coefficient of water
molecules in the hydrophobic membrane

T/K Water molecule diffusion coefficient (Å2/ps)
353.15 0.0407
393.15 0.0519
433.15 0.0605

Transport Behaviour of Refrigerants in Membrane
Figure 6 shows the diffusion trajectory of a water

molecule in the hydrophobic membrane under system 5. It can
be seen from the figure that water molecules are constantly
moving in the polymer hydrophobic membrane, and in most
cases do small amplitude vibration, jumping from one free
volume hole to another free volume hole only at the right time,
location and velocity. It can be seen that the size and
distribution of the free volume in the membrane have an impact
on the diffusion of gaseous water molecules. On the other hand,
the larger the free volume fraction and more free volume holes
in the membrane, the shorter distance required for gaseous
water molecules to jump between the holes in the membrane,
the diffusion can be faster. This just explains the conclusion
that the diffusion coefficient value of water molecules obtained
in the previous simulation increases with the increase of
temperature, but the increased amplitude will decrease. This
indicates that in the case of a certain hydrophobic membrane
structure, the positive effect brought by increasing temperature
is mainly realized by accelerating the molecular movement
speed and increasing the hopping frequency. Therefore, to
improve the utilization of the provided heat source, the
hydrophobic membrane with a large free volume fraction
should be selected as far as possible under the condition of high
heat source temperature and ensure relevant standards.

Figure 7 shows the statistical results of the number of
gaseous water molecules generated during the simulation of
systems 1-3 and 5. As can be seen from the figure, with the
increase of the concentration of lithium bromide aqueous
solution, the affinity of ions to water molecules is strengthened,
and it becomes more difficult for water molecules to escape
from the solution, thus reducing the number of gaseous water
molecules in the process of generation. Through the
comparison between systems 2 and 5, it is also found that the
existence of hydrophobic membrane can prevent the diffusion
of water molecules to a certain extent, which reduces the
generator performance to a certain extent. However, the
advantages brought by the application of hydrophobic
membrane in the field of absorption refrigeration are far greater
than the disadvantages, and with the improvement of the
structure of the hydrophobic membrane, the obstruction degree
of the hydrophobic membrane will be constantly reduced.

Figure 6 Schematic diagram of the transport trajectory of water
molecules in the hydrophobic membrane.

Figure 7 Effects of concentration changes and the presence of a
hydrophobic membrane on the amount of water molecule

diffusion during the generation process.

CONCLUSION

In this paper, the molecular dynamics method was used to
study the physical properties of the refrigerant water molecules
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during the generation of lithium bromide aqueous solution in
traditional and membrane-based generators. LAMMPS
software was used to calculate and analyze nine simulation
systems. Analysis of the ion distribution form near the interface
of lithium bromide aqueous solution, the degree of interaction
between ions and water molecules, the relationship between the
diffusion coefficient of refrigerant water molecules in the
hydrophobic membrane at different temperatures and the
trajectory distribution. These studies will help to understand the
differences between traditional generators and new membrane-
based generators at the molecular scale. The main conclusions
are as follows:

1) Molecular simulation results show that the density
fluctuation of Br ions and Li ions in lithium bromide aqueous
solution increases near the interface and exist in the form of
hydration ions.

2) Compared with Li ion, Br ion has a stronger interaction
with oxygen atoms in water molecules close to itself, the
arrangement of water molecules close to Br ion is as follows:
One of the hydrogens of the water molecules faces the Br ion;
the arrangement of water molecules close to Li ion is as follows:
The oxygen in the water is oriented towards the Li ion. With
the increase of heat source temperature, the radial distribution
functions of the two ions and water molecules do not change,
and the peak value decreases with the increase of temperature,
and the decreased amplitude decreases, indicating that lithium
bromide has a high affinity for water molecules.

3) The water molecules in the polymer hydrophobic
membrane are constantly moving in the form of small
amplitude vibration in most cases, only at the appropriate time,
location and speed from one free volume hole to another free
volume hole, that is, in the form of diffusion in a jump. The
size and distribution of free volume fraction in the hydrophobic
membrane have an important influence on the diffusion
behaviour of gaseous water molecules.

4) Compared with the traditional generator, the existence of
hydrophobic membrane in the membrane-based generator will
block the diffusion of refrigerant water molecules on a certain
basis. However, the advantages brought by the application of
hydrophobic membrane in the field of absorption refrigeration
are far greater than the disadvantages, and with the
improvement of the structure of the hydrophobic membrane,
the obstruction degree of the hydrophobic membrane will be
constantly reduced.
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ABSTRACT
Ray-tracing (RT) is integral to resolving numerical radiation

heat transfer processes. The radiation view factor (Fi j) must be
determined to quantify the heat leaving or being absorbed by
a participatory surface. To capitalize on the embarrassingly-
parallel nature of determining Fi j, graphics processing units
(GPUs) can be employed to quickly and accurately resolve Fi j
values for complex systems. This work outlines the methods
and best-practices of implementing multi-GPU accelerated RT
in NVIDIA CUDA. Herein, specific Fi j values for canonical ge-
ometries (parallel planes and concentric spheres) and novel ge-
ometries (a thermoelectric generator (TEG) unicouple) are de-
termined and compared to analytic predictions, where applica-
ble, and previously generated numeric values; a multi-GPU ac-
celerated Java-based RT code serves as the basis for numeri-
cal comparison. The surfaces of the geometries are represented
by tessellations within stereolithography (STL) files, which are
created both in binary and American Standard Code for Infor-
mation Interchange (ASCII) file-type formats. While the Java
implementation achieved the same results with less computa-
tional time in comparison to RT codes executed on a central
processing units (CPU), linear speed-up was not achieved with
increasing GPU count. The achievable speed-up was highly
dependent on the number of STLs used to represent each ge-
ometry, and although non-linear, still exhibited a near order-
of-magnitude decrement in computation time in comparison to
CPU-base codes. The CUDA-based RT code, combined with a
binary STL file-type format, achieved lesser computation time in
comparison to the Java-based RT code, and exhibited near-linear
speed-up with increasing GPU count for large tessellation sys-
tems. Using binary STL file-type formats, less computational
overhead was required in comparison to ASCII file-type formats
used within the CUDA-based RT codes. It is demonstrated that
the CUDA-based RT codes are robust and fast enough to provide
benchmark-quality numerical results for three-dimensional sys-
tems that consider complexities such as the shadow effect and
self-intersection. The source code for the present work is avail-
able at https://github.com/shane-riley/view-factor-cuda.

NOMENCLATURE

A [m2] Surface area or Point
dA [m2] Differential surface area
dFi j [-] Differential radiation view factor
Fi j [-] Radiation view factor
H [mm] Height of unicouple leg
K [-] Number of GPUs
L [m] Distance between plates
n⃗ [-] Unit normal vector
Qi [W] Radiation heat transfer rate
R⃗ [-] Radiative ray vector
t [mm] Thickness
T [K] Temperature
W [mm] Width of unicouple leg
X [m] Width of plate
Y [m] Depth of plate

Special characters
ε [-] Emissivity
σ 5.670x10−8 [Wm−2K−4] Stefan-Boltzmann constant
θ [degrees] Polar angle
φ Packing density

Subscripts
i Emitting surface
int Interconnector
j Receiving surface

Acronyms
ASCII American Standard Code for Information Interchange
CPU Computer processing unit
GPU Graphics processing unit
I/O Input/Output
MT Möller-Trumbore
RAM Random Access Memory
RT Ray-tracing
STL Stereolithography
TEG Thermoelectric Generator

INTRODUCTION
The determination of the geometrically-dependent radiation

view factor Fi j, which is the proportion of radiation that is emit-
ted and/or received by surface, is of paramount importance for
many engineering and science disciplines when quantifying ra-
diative heat transfer. Most accepted numerical methods rely on
central processing unit (CPU)-based codes, either implemented
in commercial or open-source software.

For example, Li et al. [1] quantified the sky view factor, or the
ratio of radiation received by a surface considering obstructions
(buildings) per an unobstructed hemispherical scenario, amongst
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other geometrical factors, in determining the effect of build-
ing shape and density on on-site photovoltaic energy produc-
tion using pre-existing modeling tools. Additionally, T. Steiner
[2] evaluated the ability and computational cost of COMSOL
and ANSYS, both of which use a hemi-cube view factor solu-
tion method, whereas COMSOL also has a ray shooting solution
method, in comparison to experimental data. It was found the
hemi-cube view factor solution method under-predicted radiative
heat transfer (i.e. over-predicted surface temperatures), while the
ray shooting method, although more computationally expensive,
was more accurate. Computation time was on the order of hours
for relatively coarse domains (i.e. approximately 32,000 mesh
elements). Lastly, Durka et al. [3] used ANSYS Workbench’s ra-
diosity method of hemi-cubes to model the radiative heat transfer
characteristics of the heat exchanger of an existing radioisotope
thermoelectric generator, and used the results to serve as func-
tional boundary conditions for an analytic converter-level model
when evaluating existing and novel heat sources and thermoelec-
tric converter materials.

In an attempt to overcome the high computational cost of
conventional view factor determination methods (hemi-cube, ray
shooting, Monte Carlo, etc.), Wu et al. [4] proposed an optimized
RT method that leveraged a Sobol quasi-random sequence and a
deep residual neural network. They used this sequence to ana-
lyze the radiative heat transfer characteristics of spheres within
a pebble bed nuclear reactor, and found no error of numeric re-
sult when compared to the training data generated using CUDA-
based RT codes, while having orders of magnitude faster compu-
tation time in comparison to traditional computational methods.
Similarly, Baracu et al. [5] developed mathematical relationships
for radiative transfer within enclosures, and the results were com-
pared with those obtained via numerical modeling implemented
in ANSYS Fluent. Their relatively simple and computationally
effortless approach allows for the accurate quantification of ra-
diative interactions of enclosed systems.

All of the aforementioned numerical methods mentioned (ex-
cept for the CUDA-based method) to determine the radiation
view factor for complex, three-dimensional systems have relied
on CPU-based codes. A common theme with CPU-based codes
is the high computational cost in determining specific Fi j values
or the net radiation heat transfer. To overcome the computational
intractability of large and complicated systems, researchers have
proposed alternative methods, using neural networks and math-
ematical relations. From these previous works emerges a com-
mon need: A new method to quickly and accurately determine Fi j
values for any geometry, considering complexities such as block-
ing geometries and self-intersection. Even though analytical and
mathematical methods have been shown to supersede the nu-
meric computation of Fi j values, they still must be benchmarked
against high-fidelity numeric data. Due to the embarrassingly-
parallel nature of the formulation and solution of the Fi j, GPU-
based solvers are well-suited for this task.

Herein, the works of Hancock et al. [6] and Richmond et al.
[7] were extended and augmented. These previous studies used

Aparapi [8], a Java library to convert Java bytecode to OpenCL
GPU code, to tackle view factor calculations. To augment that
work and to better capitalize on the use of GPU-accelerated
RT algorithms, the authors redeveloped previous Java-based RT
codes in CUDA. This was done to overcome deficiencies of
achieving linear speed-up with increasing GPU count encoun-
tered within Java-based RT codes.

The new CUDA-based RT code is tested against three cases.
First, parallel plates are evaluated at various resolutions to ex-
amine convergence to a known analytical solution. Second, the
CUDA-based RT code is applied to concentric spheres to test
it’s self-intersection scheme and the implementation of back-face
culling. Finally, the code is applied to a single junction TEG to
test blocking with a non-participatory surface without an ana-
lytical solution. All three of these cases are swept over varying
resolutions, with differing file-type format inputs (ASCII and bi-
nary), and varying numbers of GPU’s (single- and dual-GPU ex-
ecutions).

PROBLEM FORMULATION
By definition, Fi j is a geometric coefficient that represents the

fraction of rays leaving an emitting surface Ai that reach a receiv-
ing surface A j. As such, Fi j must have a value bounded between
zero and unity. If the each surface are assumed to be isothermal,
Fi j can be used to calculate the radiation heat transfer rate from
one surface to the other:

Qi = εσAiFi j(T 4
i −T 4

j ) (1)

where ε is the emissivity of the emitting surface, σ is the Stefan-
Boltzmann constant, and Ti and Tj are the temperatures of the
emitting and receiving surfaces, respectively. A double area in-
tegral is used to calculate Fi j analytically as shown:

Fi j =
1
Ai

∫
Ai

∫
A j

cos(θi)cos(θ j)

π∥R⃗i j∥2
dAi dA j. (2)

To solve this equation, it is discretized by splitting both the
emitting and receiving surfaces into a large number of triangular
differential areas (Ni and N j for the emitter and receiver, respec-
tively). Then, the differential view factor (dFi j) from every pair
of emitting and receiving tessellations can be summed to approx-
imate Fi j. For each pair of areas dAi and dA j, the radiative ray
vector R⃗i j is cast between their centroids. The magnitude of R⃗i j
is calculated using a Euclidean norm. The polar angles θi and θ j
(the angles from the unit normal vector at which the ray intersects
each differential area), are found by the following:

θi, j = cos−1
(

n⃗i, j · R⃗i j

∥⃗ni, j∥∥R⃗i j∥

)
. (3)
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Figure 1 illustrates the locations of R⃗i j, θi, and θ j with respect
to the differential areas Ai and A j. To create triangular surface
meshes for this numerical scheme, Hancock et al. [6] and Rich-
mond et al. [7] used STL files in a plaintext (i.e. ASCII) for-
mat. This simple solution allows their meshes to be easily gen-
erated by computer-aided engineering programs such as ANSYS
or COMSOL, but also by CAD programs like SOLIDWORKS.
Generating the other necessary parameters from each tessellation
(edge vectors and centroidal locations) is also simple since STLs
store three vertices and a normal vector per tessellation. Since
the formulation in the present work is similar in this regard, the
proposed CUDA solver also uses STL files as inputs.

Rij

ni

nj

θi

θj

L

Y
X

Ai

Aj

Figure 1. Representation of pertinent variables used in the cal-
culation of Fi j (Eqns. 3 and 4) considering a situation of two
aligned, parallel plates, as shown in [7], and reproduced herein
with permission.

Using the aforementioned discretization scheme, the analyti-
cal formula for Fi j in Eqn. 2 can be represented as a summation
over pairs of emitting and receiving areas, given as:

Fi j =
1
Ai

Ni

∑
i=1

N j

∑
j=1

cos(θi)cos(θ j)

π∥R⃗i j∥2
dAi dA j =

1
Ai

Ni

∑
i=1

N j

∑
j=1

dFi j. (4)

RAY-TRIANGLE INTERSECTION
The view-factor formulation above on its own is only accurate

between two flat surfaces with no other surfaces in the way of ray
casts. To handle more complex geometries, each ray R⃗i j must be
checked for intersections with additional non-participatory sur-
faces and then set the dFi j = 0 if a surface is blocking said ray.
This phenomenon is known as the shadow effect, and it must
be considered for curved surfaces or when blocking surfaces are
used in order to avoid overestimating Fi j. Figure 2 shows a case
like this, where a thermoelectric leg is casting a shadow in front
of the dashed portion of R⃗i j, and as a result dFi j = 0 for that
ray. Since any of the thermoelectric junction tessellations could
block the ray, it is necessary to check them all for every ray
cast, which incurs an additional computational cost. To check
for ray-triangle intersection quickly, the Möller–Trumbore (MT)
ray-triangle intersection algorithm was utilized [9]. The MT al-

gorithm determines where on the triangle’s plane the ray inter-
sects as parametric coordinates u and v, and quickly determines
whether those are within the triangle itself. It does this in a way
that alleviates the pre-computation of the plane equation intrin-
sic of similar methods, which enables the CUDA solver to check
many areas without incurring large computational costs.

H

tint

W

Ai

Rij

Aj

Figure 2. Schematic of a unit-cell TEG used within the RT
algorithm. Geometrical parameters are as follows: H/W = 4,
tint = 0.25, φ = 0.9, as shown in [7], and reproduced herein with
permission.

SELF INTERSECTION
The thermoelectric junction geometry shown in Fig. 2 only

requires ray-triangle intersection checks with the 44 tessellations
making up the junction itself, because the meshes on the top and
bottom cannot block any R⃗i j casts. This is not the case for cases
with curved emitters and receivers, however. Consider the con-
centric spheres case shown in Fig. 3. In this case, a naive imple-
mentation will cast rays that start on the inner sphere and end on
the other side of the outer sphere, passing through the emitting
surface twice. This results in a drastic overestimation of the view
factor. To resolve this issue, the MT algorithm is applied to every
differential area in the emitting surface that is not a part of each
Ri, j cast. This properly resolves the shadow effect by accounting
for self intersection, which is when an emitter or receiver blocks
some of its own ray casts. Accounting for self-intersection in-
creases the asymptotic runtime of the solver however, since it
adds a third loop to the Fi j calculation (per ray, loop through
non-participatory areas that may block R⃗i j). This makes solving
large-tessellation problems more difficult, so in the present work
it is only enabled when self-intersection is expected (e.g. in the
spheres case).
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r1Rij

r2

Figure 3. STLs representing concentric spheres with the inner
sphere having a radius r1 and the outer sphere has a radius r2, as
shown in [7], and reproduced herein with permission.

GPU-ACCELERATED COMPUTING
GPUs are dedicated processing units that consist of thousands

of cores that can perform linear-algebraic calculations in parallel.
This quality makes GPUs well-suited for problems that require
large amounts of repetitive vector/matrix calculations, such as
graphics processing and machine learning. It is this quality that
also makes them suitable for the view factor RT problems. While
the calculation of each dFi j value requires looping through pos-
sible blocking area, each dFi j is completely independent from all
of the others (i.e. no shared state). As a result, the set of dFi j cal-
culations can be split into many subsets and solved on multiple
cores of a single GPU, or even on multiple GPUs.

In practice, the CUDA programming model is used to set up
and evaluate this problem. First. the input files (i.e. STLs) are
read by the CPU into its random-access memory (RAM). Then,
the geometries are copied to the GPU’s RAM, which exists on
the graphics card itself. If multiple cards are employed, the en-
tire geometry is copied to each card, so no input/output (I/O) be-
tween cards is required during the solve. Once this is done, the
set of dFi j calculations is distributed among the available cores.
The emitting areas are split evenly among the available GPUs
(where each card gets a CPU thread to manage its execution),
and then all of the rays from each emitter are cast in parallel by
each GPU’s available cores. For each ray cast on a GPU core,
the MT calculations are performed in series. The dFi j results
are stored in a vector during the solve to avoid race conditions,
which is summed to obtain a Fi j value per GPU when all rays
are cast. Finally, these intermediate values from each card are
copied back to CPU RAM, where they are summed to obtain the
final Fi j result. This method is shown visually in Fig. 4.

REFINING FILE FORMAT
As previously stated, the previous works based in Java ([6;

7]) used ASCII STL files. While they are easy to work with,

Start

Read STL
files

End
dFij= 0

Yes

No

Copy STLs
to GPU

For each i
in [imin, imax)

Evaluate
dFij

For each blocking
area, run MT 

dFij=
θiθjdAidAj

� Rij
         2

Blocked?
Copy results

to CPU

Fij =
∑dFij

Ai

Sum dFij
on GPU

j per core

[imin, imax) per GPU

Figure 4. Flow chart of the CUDA-based RT computational
algorithm Blue shading indicates execution on the CPU, green
shading on the GPU, and a gradient between blue and green in-
dicates and interaction between CPU and GPU. The dashed lines
indicate parallelization of operations on a per-GPU and CPU ba-
sis.

they create challenges for large geometries for two reasons. First,
they require large amounts of file space. One tessellation is rep-
resented as a normal vector and three vertices. These four com-
ponents each require three floating point coordinates (x, y, z),
where each number takes four bytes for single precision. This
means that each tessellation should ideally take 48 bytes to store.
ASCII STLs, however, require 272 bytes per tessellation. This
is because plaintext number formats require more space, and the
STL format includes repetitive keywords. This increased file size
increases runtime since it takes more time to read. Second, the
ASCII STL format does not mandate a tessellation count in the
file header, meaning the GPU-based solver must first count the
number of tessellations before reading them into memory. To
increase I/O speed in the present work, the binary STL format
is used for comparison. In binary STLs, only 50 bytes are used
per tessellation in single precision, and the file header contains
a count of tessellations that saves the solver time in allocating
memory. Each test case is run using both formats to compare I/O
speed and the ultimate speedup factor.

RESULTS AND DISCUSSION
Within the proceeding sections, results from the in-house

single- and multi-GPU-accelerated RT code implemented in
CUDA are compared to analytic solutions for two test
cases–parallel plates and concentric spheres–as well as the nu-
meric results obtained from the Java-based code. Once validity
of the solution methodology is established, the numeric predic-
tions and run-time results between the CUDA- and Java-based
RT codes are presented for a non-standard geometry, namely de-
termining Fi j between the hot- and cold-side surfaces of a TEG
unicouple. The study of Fi j values for parallel plates and the
TEG unicouple were done on an Intel i7-9700K CPU with dual
Nvidia RTX 2070 OC GPUs. The study of Fi j for a sphere within
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Table 1. Fi j values for aligned parallel rectangles with X/L= 1
and Y/L = 1 with increasing mesh density. Relative differences
(Rel. Diff.) are between single- and multi-GPU implementations
((|Fi j,1GPU − Fi j,2GPU)|/Fi j,1GPU). Absolute error is between
multi-GPU and analytical solutions (Fi j = 0.199824895698387).

Java - ASCII

Avg. No. STLs Fi j (1 GPU) Fi j (2 GPUs) Rel. Diff. |Error| [%]

131,072 0.199825508539797 0.199825508539796 5.00E-15 3.07E-6

262,144 0.199825202119682 0.19982520211968 1.00E-14 1.53E-6

524,288 0.199825048908683 0.199825048908685 1.00E-14 7.67E-7

1,048,576 0.199824972303579 0.199824972303573 3.01E-14 3.83E-7

2,097,152 0.199824934000965 0.199824934000957 4.00E-14 1.92E-7

4,194,304 0.199824914849628 0.199824914849662 1.70E-13 9.58E-8

CUDA - ASCII

Avg. No. STLs Fi j (1 GPU) Fi j (2 GPUs) Rel. Diff. Error [%]

131,072 0.199825508538693 0.199825508538692 5.00E-15 3.07E-6

262,144 0.199825202129528 0.199825202129537 4.50E-14 1.53E-6

524,288 0.199825048922331 0.199825048922337 3.00E-14 7.67E-7

1,048,576 0.199824972301911 0.199824972301905 3.01E-14 3.83E-7

2,097,152 0.199824934000663 0.199824934000678 7.50E-14 1.92E-7

4,194,304 0.199824914852148 0.199824914852159 5.50E-13 9.59E-8

CUDA - Binary

Avg. No. STLs Fi j (1 GPU) Fi j (2 GPUs) Rel. Diff. Error [%]

131,072 0.199825508538693 0.199825508538692 5.00E-15 3.07E-6

262,144 0.199825202129528 0.199825202129537 4.50E-14 1.53E-6

524,288 0.199825048922331 0.199825048922337 3.00E-14 7.67E-7

1,048,576 0.199824972301911 0.199824972301905 3.01E-14 3.83E-7

2,097,152 0.199824934000663 0.199824934000678 7.50E-14 1.92E-7

4,194,304 0.199824914852148 0.199824914852159 5.50E-13 9.59E-8

a sphere was executed on an Intel i9-9980XE CPU with dual
Nvidia RTX 2080Ti OC GPUs.

Validation: Aligned, Parallel Plates
The ability of the CUDA-based RT code to faithfully predict

Fi j was examined for a variety of scenarios. The first is the most
simple: aligned, parallel plates [10]. The geometry of this test
case is shown in Fig. 1, where the ratio of of width to height
(X/L) and depth to height (Y/L) are kept invariant at unity. The
determination of Fi j for a a variety of scenarios (i.e. various av-
erage number of tessellations, based on the number of tessella-
tions representing the emitting and receiving surfaces) was made
for single- and dual-GPU executions of the CUDA-based RT
code, considering ASCII and binary STL file-type format inputs.
The absolute relative difference in predicted Fi j value between
single- and dual-GPU executions, and the percent error between
the dual-GPU execution and analytic solution, were both calcu-
lated. The results of the novel CUDA-based RT code, along with
those of the Java-based RT code, are shown in Tab. 1.

As seen in Tab. 1, the relative difference between single- and
dual-GPU execution of the previously developed Java-based RT
code, and the novel CUDA-based RT code, regardless of STL
file-type format, is near the order of double precision for low-

tessellation counts, and increases with increasing average tes-
sellation count. Both the Java-based RT and CUDA-based RT
codes exhibit the same relative difference between single- and
dual-GPU execution, regardless of STL file-type. This is consis-
tent with expectations, since the problem formulation does not
change when scaling to two GPUs. Additionally, both codes ex-
hibit the same absolute error in comparison to the analytic solu-
tion. It is noted, there is no difference in calculated Fi j values
for the CUDA-based RT code when using an ASCII or binary
STL file-type format to represent the STLs. There is, however, a
difference in Fi j values when using the Java-based and CUDA-
based RT codes for an ASCII file-type format input. This differ-
ence is on the order of 10−10 percent and 10−9 percent for low-
and high-tessellation counts, respectively, and is invariant with
GPU count.

An increase in average tessellation count leads to a decrease
in percent error between Fi j calculated via dual-GPU execution
and the analytic solution. The numerically calculated Fi j value is
highly dependent on the number of tessellations used to represent
both the emitting and receiving surface; with increasing numbers
of tessellations, more rays are able to be cast, providing a more
accurate depiction of the surface-to-surface interactions.

Figure 5 depicts the absolute percent error between dual-GPU
CUDA-based RT execution with ASCII file-type format input
versus the analytic solution for increasing tessellation count.
Logarithmic convergence toward the analytic solution with in-
creasing average tessellation count is observed. Furthermore, the
slope of the absolute error versus average tessellation count is
found to be −1, indicating first-order accuracy of the solution
methodology. This is aligned with the findings of Hancock et al.
[6]. The same trend is observed with the Java-based RT code,
although not depicted in Fig. 5.

The speed-up ratio for the Java- and CUDA-based RT codes
for the situation of calculating Fi j between aligned, parallel
plates is shown in Fig. 6. The speed-up ratio is defined as the total
execution time of a single-GPU execution per that of a dual-GPU
execution for a fixed average number of tessellations within the
STL input files. The green shaded region indicates a speed-up ra-
tio of unity or greater; a value greater than unity indicates speed-
up is achievable using a multi-GPU execution, and a value of two
indicates linear speed-up. As seen in Fig. 6, the CUDA-based
RT code exhibits monotonically increasing speed-up values with
increasing average tessellation count, whether an ASCII or bi-
nary STL file-type input is used. The binary STL file-type input
CUDA-based RT code is asymptotically approaching a speed-up
of two with increasing tessellation count, indicated linear speed-
up could be achieved. The ASCII STL file-type input CUDA-
based RT code is displaying a non-linear increase in speed-up
values with increasing average tessellation count, and is nearing
a value of two with higher numbers of tessellations used. In com-
parison, the Java-based RT code does not show a consistent trend
in achieveable speed-up ratios with increasing tessellation count,
and the maximal value is below the CUDA-based RT codes.

Figure 7 a) depicts the I/O and total execution time for the
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Figure 5. Absolute percent difference between single- and
dual-GPU execution of CUDA-based RT code versus analytic
solutions for ASCII file-type format input for the situation of
aligned, parallel plates.
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Figure 6. Speed-up ratio (single- per dual-GPU execution run-
times) versus average tessellation count for CUDA ASCII and
binary STL file-type formats for parallel plates.

CUDA-based RT code operating with ASCII and binary STL
file-type format inputs. It is seen that the I/O time associated
with the binary STL file-type format is a much smaller portion
of the total execution time, in comparison to the ASCII STL file-
type format. It is interesting to note that as the average tessel-
lation count increases, the single-GPU cases approach the same
total execution time, regardless of whether the STL file-type for-
mat was ASCII or binary. The same trend is witnessed with the
dual-GPU execution.

104 105 106 107

Average Number of Tessellations

10-2

10-1

100

101

102

103

104

Ti
m

e 
[s

]

1 
2 

Number of
GPUs:

File type:
    ASCII
    Binary
Time:
        I/O
        Total

104 105 106 107

Average Number of Tessellations

0

0.2

0.4

0.6

0.8

1

I/O
 to

 T
ot

al
 T

im
e 

[-] 1 
2 

Number of
GPUs:

File type:
    ASCII
    Binary

a)

b)

Figure 7. a) I/O and total execution time, and b) ratio of I/O
to total execution time for single- and dual-GPU execution of
CUDA-based algorithm considering ASCII and binary STL file-
type formats for parallel plates.

This finding is substantiated in Fig. 7 b), which depicts the
ratio of I/O to total execution time. Due to the more compact
form and lesser file size, the binary STL file-type format I/O to
total execution time is markedly less than that of the ASCII STL
file-type format. For dual-GPU execution, the ratio of ASCII to
binary STL file-type format I/O to total time ratios are around
4.5 for low-tessellation count scenarios, and this ratio increases
to nearly 24 at high-tessellation counts. With increasing tessella-
tion count, the contribution of I/O to total execution time drasti-
cally decreases for both ASCII and binary STL file-type formats,
with ASCII still being much higher than binary file-type format
executions.

In terms of total computational time, the CUDA-based RT
code was nearly 14-times faster in determining the Fi j value for
aligned, parallel plates. The dual-GPU Java-based RT code us-
ing an ASCII STL file-type format took on average 62,600 [s]
to resolve 1.76E+13 cast rays; the dual-GPU CUDA-based RT
code, using either ASCII or binary STL file-type format, took on
average only 4,600 [s] to resolve the same number of cast rays.
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Validation: Concentric Spheres
To illustrate the CUDA-based RT code’s ability to not only

handle the shadow effect via the implementation of the MT algo-
rithm, but also back-face culling and self-intersection, a situation
of concentric spheres is considered, with the analytic solution
provided by Howell et al. [11]. A representation of this scenario
is shown in Fig. 3.
Table 2. Fi j values of concentric spheres for r1/r2 = 0.5 with
increasing mesh density. Absolute differences are between
single- and multi-GPU implementations. Relative differences
(Rel. Diff.) are between single- and multi-GPU implemen-
tations ((|Fi j,1GPU −Fi j,2GPU)|/Fi j,1GPU). Absolute error is be-
tween multi-GPU and analytical solutions (Fi j = 1).

Java - ASCII

Avg. No. STLs Fi j (1 GPU) Fi j (2 GPUs) Rel. Diff. |Error| [%]

4,474 1.00115676358226 1.00115676358226 0 1.13E-3

11,719 1.00042192398332 1.00042192398332 0 4.22E-4

65,133 1.00006994811569 1.00006994811569 0 6.99E-5

86,048 1.00006323203517 1.00006323203519 2.02E-14 6.32E-5

CUDA - ASCII

Avg. No. STLs Fi j (1 GPU) Fi j (2 GPUs) Rel. Diff. Error [%]

4,474 1.001157038665050 1.001157038665050 0 1.16E-3

11,747 1.000422610900580 1.000422610900580 0 4.23E-4

65,249 1.000071032762220 1.000071032762220 0 7.10E-5

86,421 1.000064498925580 1.000064498925580 0 6.45E-5

CUDA - Binary

Avg. No. STLs Fi j (1 GPU) Fi j (2 GPUs) Rel. Diff. Error [%]

4,474 1.001156996239410 1.001156996239420 9.98E-15 1.16E-3

11,747 1.000422566555370 1.000422566555370 0 4.23E-4

65,249 1.000070990355870 1.000070990355860 9.99E-15 7.10E-5

86,421 1.000064456197580 1.000064456197580 0 6.45E-5

Considering the situation of concentric spheres, Fig. 8 shows
the absolute percent error between dual-GPU CUDA-based RT
execution with ASCII STL file-type format input versus the an-
alytic solution for increasing tessellation count. A monotonic
decrease of absolute error with increasing tessellation count is
observed, however the behavior is not constant, i.e. there isn’t
observed a first-order accurate rate of convergence. This trend is
also witnessed in the findings of Hancock et al. [6]. The same
monotonically decreasing, yet non-linear trend is observed with
the Java-based RT code, although not depicted in Fig. 8.

Due to the large computation times, the speed-up ratio for the
CUDA-based RT code is shown for a limited set of average num-
ber of tessellations, as depicted in Fig. 9. The green shaded re-
gion indicates a speed-up ratio greater than unity. It is observed
that even for low-tessellation count scenarios, the speed-up ra-
tio is relatively high (above 1.8) for both ASCII and binary STL
file-type formats. With an increase in average of number of tes-
sellations, the speed-up factors appears to be approaching a con-
stant value of 1.92 for both the ASCII and binary STL file-type
formats. It is noted that although back-face culling is used in
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Figure 8. Absolute percent difference between single- and
dual-GPU execution of CUDA-based RT code versus analytic
solutions for ASCII STL file-type format input for the situation
of concentric spheres.
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binary STL file-type formats for concentric spheres.

this situation, the self-intersection requires the additional calling
of the MT algorithm, which drastically increases execution time.
This increase in execution time is shown in Fig. 10 a), which
illustrates an order of magnitude increase in comparison to the
situation of parallel plates for low-tessellations counts (∝ 104),
and three orders of magnitude increase for moderate tessellation
counts (∝ 105). Nevertheless, near linear speed-up is observed
across the range of average tessellation values for the binary STL
file-type format input.

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 682 of 1061



103 104 105 106

Average Number of Tessellations

10-2

10-1

100

101

102

103

104

105
Ti

m
e 

[s
]

1 
2 

Number of
GPUs:

File type:
    ASCII
    Binary
Time:
        I/O
        Total

a)

b)

103 104 105 106

Average Number of Tessellations

0

0.02

0.04

0.06

0.08

I/O
 to

 T
ot

al
 T

im
e 

[-]

1 
2 

Number of
GPUs:

File type:
    ASCII
    Binary

Figure 10. a) I/O and total execution time, and b) ratio of I/O
to total execution time for single- and dual-GPU execution of
CUDA-based algorithm considering ASCII and binary STL file-
type formats for concentric spheres.

Figure 10 also illustrates that for the situation where self-
intersection is considered, the I/O time is much lesser portion
of the total execution time. As shown in Fig. 10 b), the I/O to
total execution time for both the ASCII and binary file-type for-
mats is below 8% for all tessellation counts. This ratio for both
single- and dual-GPU implementations, whether an ASCII or bi-
nary STL file-type format is used, asymptotically approaches to-
ward zero with increasing tessellation counts. Thus, the compu-
tation time in determining Fi j constitutes almost the entirety of
the execution time. This is due to the additional self-intersection
algorithm that must be run [6].

The CUDA-based RT code exhibited substantial decrements
in the total execution time in comparison to the Java-based RT
code. For instance, a dual-GPU execution of the Java-based RT
using ASCII STL file-type format took on average 72,500 [s] for
a concentric sphere system represented by an average of 86,048
surface tessellations. In comparison, the CUDA-based RT code,
whether using ASCII or binary STL file-type format, took on
average 46,100 [s] when executed in a dual-GPU configuration.

Test: Single-Junction Thermoelectric Generator
The proposed CUDA-based RT code has been demonstrated

to achieve previously attained numerical Fi j values, as well as
analytic Fi j values, for aligned, parallel plates and concentric
spheres. These validation cases fully illustrate the solver’s ability
to handle curved, three-dimensional surfaces, considering self-
intersection as handled by the MT algorithm and run-time sav-
ings using back-face culling. The solver was then extended to
study the Fi j values in a unicouple TEG. TEGs are steady-state
power-generation devices used in a variety of applications, with
extensive use in space power generation systems. A TEG de-
velops a voltage potential due to an applied and sustained tem-
perature gradient across the unicouple. A non-segmented uni-
couple is comprised of two dissimilar semiconducting materi-
als fashioned into legs, which are connected electrically in series
by metallic interconnectors. A representative TEG is shown in
Fig. 2.

Most analytic and numerical models on the behavior of TEGs
often ignore radiative heat transfer, or simplify it [12], due to
the complexity of resolving unique Fi j values for each partici-
patory surface. However, the modeling of this phenomenon is
necessary, for radiation heat transfer can play a substantial role
in the TEGs performance [13]. Radiation heat transfer, a par-
asitic heat loss, reduces the temperature difference between the
hot- and cold-side of the unicouple and converter, diminishing
the temperature difference established across the semiconduct-
ing materials, thereby decreasing the converter’s power output
and thermal conversion efficiency. Although necessary, the de-
termination of Fi j values is non-trivial when considering block-
ing geometry (i.e. the shadow effect), as shown in Fig. 2 [14; 6].
The shadow effect is where a ray cast from Ai to A j is blocked
by another surface. This blocking is denoted by the red “x” in
Fig. 2.

Table 3 shows the results for calculating Fi j of a TEG unicou-
ple using single- and dual-GPU Java-based and CUDA-based RT
codes for ASCII STL file-type format inputs, as well as CUDA-
based RT codes using a binary STL file-type format input. It is
seen that each code (Java-based and CUDA-based) exhibit dou-
ble precision relative difference in Fi j calculations with increas-
ing tessellation count when executing on a single of dual-GPU.
Furthermore, each code is non-linearly converging toward a so-
lution.

Figure 11 displays the speed-up ratio (single- per dual-GPU
execution runtimes) as a function of increasing tessellation count
for the previous Java-based methodology using ASCII STL file-
type format, and the proposed CUDA-based methodology using
both ASCII and binary STL file-type formats. The green shaded
region indicates a speed-up ratio equal to or greater than unity.
A value greater than unity indicates a decrement in computa-
tion time is achievable when multiple GPUs are used in compar-
ison to execution on a single-GPU. It is seen for low to mod-
erate tessellation counts (on the order of 104 to 105) the Java-
based multi-GPU RT code exhibits greater speed-up ratio than
the CUDA-based RT algorithm. However, after approximately
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Table 3. Fi j values of unicopule TEG for various average
tessellation counts. Relative differences (Rel. Diff.) are
between single- and multi-GPU implementations ((|Fi j,1GPU −
Fi j,2GPU)|/Fi j,1GPU).

Java - ASCII

Avg. No. STLs Fi j (1 GPU) Fi j (2 GPUs) Rel. Diff.

2,527 5.75945058692890E-4 5.75945058692890E-4 0

5,538 5.75326510113765E-4 5.75326510113763E-4 3.39E-15

11,015 5.75157743818230E-4 5.75157743818232E-4 3.58E-15

71,586 5.75420191833150E-4 5.75420191833149E-4 1.88E-15

165,291 5.75485207932328E-4 5.75485207932339E-4 1.92E-14

491,186 5.75456597553317E-4 5.75456597553315E-4 3.39E-15

677,544 5.7545028269123E-04 5.75450282691240E-4 1.73E-14

CUDA - ASCII

Avg. No. STLs Fi j (1 GPU) Fi j (2 GPUs) Rel. Diff.

2,257 5.7594473212452E-4 5.75944732124521E-4 1.69E-15

5,538 5.75326184729137-4 5.75326184729136E-4 1.70E-15

11,105 5.75157376485153E-4 5.75157376485153E-4 0

71,559 5.75419899062184E-4 5.7541989906218E-4 6.97E-15

165,291 5.754849034137E-4 5.75484903413705E-4 8.67E-15

491,186 5.7545628735378E-4 5.7545628735377E-4 1.73E-14

677,544 5.75449978631068E-4 5.75449978631061E-4 1.22E-14

CUDA - Binary

Avg. No. STLs Fi j (1 GPU) Fi j (2 GPUs) Rel. Diff.

2,257 5.7594473212452E-4 5.75944732124521E-4 1.69E-15

5,538 5.75326184729137E-4 5.75326184729136E-4 1.70E-15

11,105 5.75157376485153E-4 5.75157376485153E-4 0

71,559 5.75419899062184E-4 5.7541989906218E-4 6.97E-15

165,291 5.754849034137E-4 5.75484903413705E-4 8.67E-15

491,186 5.7545628735378E-4 5.7545628735377E-4 1.73E-14

677,544 5.75449978631068E-4 5.75449978631061E-4 1.22E-14

105 average tessellation counts, the Java-bade RT code exhibits a
monotonically decreasing trend in speed-up with increasing av-
erage tessellation count, at which time the CUDA-based RT code
surpasses the Java-based RT code’s run-time improvements.

It is seen over the range of average tessellation counts that the
CUDA-based RT code, regardless of STL file-type format, ex-
hibit monotonically increasing speed-up ratios. The Java-based
RT code exhibits the same trend, but reaches an inflection point
(speed-up ratio of 1.89) around 105 average number of tessella-
tion (71,586 to be precise), after which a reverse trend is wit-
nessed. It was speculated that this behavior was due to data
transfers between the CPU and GPU during runtime, namely the
passing of STL file data to the GPU [7]. It is noted the binary
STL file-type format used within the CUDA-based code consis-
tently exhibits a greater speed-up ratio than when an ASCII STL
file-type format is used to represent the tessellations within the
STL file. This trend is further shown in Fig. 12 a). Whether
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Figure 11. Speed-up ratio (single- per dual-GPU execution
runtimes) versus average tessellation count for for Java and
CUDA-based codes using various STL file formats.

or not a single- or dual-GPUs were used in the execution of the
CUDA-based RT code, the ASCII STL file-type format exhibited
a consistent 25-fold increase in I/O time in comparison to using
a binary STL file-type format. When considering the total execu-
tion time, it is seen that single-GPU execution takes nearly twice
as long in comparison to dual-GPU scenarios for large tessella-
tion count models, and that these total execution times are nearly
independent of STL file-type format. For smaller tessellation-
count models, this is not the case.

As shown in Fig. 12 b), the ratio of I/O time to total execu-
tion time is extremely high for ASCII STL file-type format for
single- and dual-GPU executions in comparison to comparable
binary STL file-type format executions. For low tessellation-
count scenarios, the I/O time is over 60% of the total execution
time with use of single- and dual-GPUs. Conversely, the ratio
of I/O to total execution time for binary STL file-type format
is consistently below 10%, and tends toward tenths of a percent
with increasing tessellation counts. Both the ASCII and binary
STL file-type formats lend to a decrease in the ratio of I/O to
total execution time with increasing tessellation counts, however
the ASCII STL file-type formats still exhibits a markedly non-
negligible I/O overhead in comparison to actual total execution
time. Thus, decreasing the associated time with I/O of surface
data via the use of a more compact form yield a substantial im-
provement in the overall computation time of the RT algorithm.

It was postulated that the previous implementation of the Java-
based RT code did not experience linear speed-up with increas-
ing tessellation count due to either the high data transfer from
the CPU to the GPUs, causing a bottleneck, or the ordering of
edges of the STLs used within the blocking geometries. Since
the CUDA-based RT code was run on identical hardware as the
Java-based RT code, yet near-linear speed-up was seen with in-

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 684 of 1061



103 104 105 106 107

Average Number of Tessellations

10-2

10-1

100

101

102

103

104
Ti

m
e 

[s
]

Total

I/O 1 
2 

Number of
GPUs:

File type:
    ASCII
    Binary
Time:
        I/O
        Total

a)

103 104 105 106 107

Average Number of Tessellations

0

0.2

0.4

0.6

0.8

I/O
 to

 T
ot

al
 T

im
e 

[-]

b)

1 
2 

Number of
GPUs:

File type:
    ASCII
    Binary

Figure 12. a) I/O and total execution time, and b) ratio of I/O
to total execution time for single- and dual-GPU execution of
CUDA-based algorithm considering ASCII and binary STL file-
type formats for TEG unicouple.

creasing tessellation count, it can be concluded the process of
using OpenCL to convert Java bytecode to GPU instruction is
the source of inefficiency; native GPU-based codes do not ex-
perience this decrement in speed-up with increasing tessellation
count.

CONCLUSION
A numerical RT algorithm was implemented in a multi-GPU

framework using NVIDIA CUDA to solve radiation view fac-
tors Fi j for complex, three-dimensional geometries. The im-
plementation processed triangular meshes as STL files and em-
ployed the MT ray-triangle intersection algorithm to rapidly ac-
count for self-intersection and blocking surfaces. The CUDA-
based RT code is compared to analytical solutions for two ge-
ometries–parallel plates and concentric spheres–, and numeric
solutions of a TEG unicouple, which were created using exist-
ing solver implemented in Java with Aparapi. All three cases
converged toward expected solutions with increasing tessellation
counts. Distributing solutions to multiple GPUs did not sacri-
fice solution accuracy, with relatives differences on the order of
double precision. The use of binary STL file-type format was
shown to drastically reduce the I/O time relative to ASCII STL

file-type format, thus improving the overall speedup factor when
the solution was distributed to multiple GPUs. The speedup fac-
tor for the CUDA-based RT code was observed to increase with
increasing tessellation counts, eventually surpassing that of the
Java-based RT code for large tessellation counts. The CUDA-
based RT code using binary STL file-type format inputs achieved
multi-GPU speed-up values of 1.99, 1.92, and 1.81 for situations
of determining Fi j values for parallel plates, concentric spheres,
and a TEG unicouple, respectively. Additionally, the CUDA-
based RT code was nearly 14- and 1.6-times faster than the Java-
based RT code when determining Fi j values for aligned, parallel
plates and concentric spheres, respectively. The present work
demonstrates the value in continuing to develop and study Fi j
solvers developed using CUDA. Possibilities include examining
the trade-offs between single and double-precision calculations,
as well as testing the solver on hard to resolve geometries like
perpendicular plates. Finally, it is possible that the CUDA-based
RT code could evolve into a mature, open-source framework for
view factor calculation. The source code for the present work is
available at https://github.com/shane-riley/view-factor-cuda.
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ABSTRACT 
The purpose of this paper is to investigate the natural 

convection heat transfer of cavities representing greenhouses 

containing roof and side ventilators. The cavities are subjected 

to buoyancy driven heat transfer. The cavities in this paper 

contain a single roof ventilator and a side ventilator on the left 

side of the cavity.  Naturally ventilated greenhouses have been 

used for many years to protect crops from adverse 

environmental conditions. The improved growth conditions 

created by these greenhouses have considerably increased crop 

production and quality. Statistical data on tomato yield has 

shown that annual production per unit greenhouse area in the 

Netherlands increased by 113% [1]. This study commences 

with the numerical investigation of a two-dimensional 

Computational Fluid Dynamics (CFD) model representing a 

single span greenhouse. The CFD model was validated using 

experimental results found in the literature. Once the model 

was validated, the model was modified to represent a three-

dimensional greenhouse containing both a roof ventilator and a 

side ventilator. The numerical model was then used to study the 

effect of roof and sidewall vents on the heat transfer and indoor 

climate of the greenhouse. Results indicated that the addition of 

side vents has a considerable effect on the natural convection 

heat transfer and indoor climate of the greenhouse.   

INTRODUCTION 
As the human population increases, resources and cost-

effective solutions for sustainable energy are becoming a 

necessity. Greenhouses have been used for centuries to create 

favourable conditions for plant production. Greenhouses are 

used to improve food production and extend growing seasons. 

It can also be used to protect the crop from storms, as well as 

pests and diseases. This indoor production facility provides 

effective control of the conditions for optimum plant 

production, such as temperature, air velocity and flow patterns. 

Greenhouses are also used sometimes to better control 

irrigation. It has been shown that water demands can be 

reduced up to 90% in countries where water is a scarce resource 

[2]. Ventilation of a greenhouse is of paramount importance. 

The purpose of ventilation is to supply fresh air to the 

greenhouse, and to reduce the temperature and humidity. 

Excessive humidity causes condensation, which in turn 

increases the risk of plant disease [3]. Greenhouse production 

can be energy intensive and a popular method used to reduce 

operating cost is natural ventilation. This process uses 

buoyancy and wind effects to control the indoor environment 

instead of mechanical systems. This is achieved through 

intentional openings in the greenhouse structure, such as 

ventilators. In a space with a large opening a temperature 

difference between the indoor and outdoor environment results 

in a difference. This is due to the warmer air being less dense 

than the outside colder air. At the upper opening, the flow 

moves outward, and the lower internal pressure at the lower 

opening promotes inflow [4].  

Many authors have devoted time to study ventilators in 

greenhouses. In a study by Baez et al [5] , the authors 

investigated the influence of the ventilator size on the natural 

ventilation in a Parral greenhouse. They found that larger flap 

vents were more efficient compared to rolling vents. In another 

study by Montero et al [6], the effect of ventilator configuration 

was studied. The authors used a 1:15 scale model of a 

greenhouse to test in a laboratory. It was concluded that the 

greenhouses containing only roof ventilators had the lowest 

ventilation rate, and the maximum ventilation rate was found 

when combining roof and side-wall vents. 

The flow and thermal patterns inside these greenhouses are 

also determined by natural convection. The natural convection 

is an important mechanism to enable energy and mass exchange 

between the inside and outside of a greenhouse. The study of 

natural convection is quite popular due to its many applications 

such as heating and cooling of buildings amongst others. Large-

scale geophysical phenomena such dry, floor-heated cavities 

can be represented by natural convection. The flow above a 

plant canopy in a greenhouse can be classified as internal flow, 

as the flowing fluid is surrounded by the solid boundary. 

Convection inside cavities are rather complex, as there are 

interactions between the boundary layer and the core [7]. 

Convection in cavities containing openings has been 
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investigated by numerous authors. Terrell and Newell 

conducted an experimental study of buoyancy driven 

convection heat transfer in an open cavity [8]. Three different 

cavity shapes with openings were studied by Prakash et al [9]. 

They found that the natural convection loss increased with 

increasing cavity wall temperature. A decrease in loss was also 

noticed with increase in cavity inclination. 

The greenhouse research reported on in this paper is 

subjected to buoyancy driven flow only. The natural convection 

heat transfer in a greenhouse containing different ventilator 

configurations will be investigated using Computational Fluid 

Dynamics (CFD). Experimental work is often time-consuming 

and cumbersome. Computational Fluid Dynamics is an 

innovative method used to analyse flow in greenhouses and 

cavities, and can assist in the study of complex flows. 

Bartzanas et al [10] used CFD to numerically investigate the 

effect of vent arrangement on windward ventilation of a tunnel 

greenhouse. They found that the ventilator configuration affects 

the ventilation rate of the greenhouse, as well as the airflow and 

temperature distributions. The best solution however, was 

found to be a combination of side and roof openings. This also 

motivated the current research. 

COMPUTATIONAL FLUID DYNAMICS 

In this study, a three-dimensional numerical model of a 

greenhouse was created using CFD. The commercial software 

StarCCM+ [11] was utilized. The software is based on the 

Finite Volume Method. The CFD method numerically solves 

the transport equation as shown in Eq 1: 

𝜕(𝜌𝜙)

𝜕𝑡
+ 𝑑𝑖𝑣 (𝜌𝜙�̅�) = 𝑑𝑖𝑣(Γ𝑔𝑟𝑎𝑑𝜙) + 𝑆𝜙

(1) 

This equation highlights the various transport processes: the 

first term on the left is the rate of change term, while the second 

term on the left is the convective term. The first term on the 

right is the diffusive term, and the last term is the source term. 

This equation is the starting point for CFD calculations using 

the finite volume method. More information about this method 

can be found in books by Versteeg [12] and Patankar [13] . The 

equation is then discretized using a procedure described in 

Patankar [13], which involves integrating the governing 

equations over a control volume.  

NUMERICAL MODEL 

The numerical model created in this study is based on a 

experimentally verified cavity found in the literature [14]. The 

verification of the numerical model can be found in another 

article by Kruger and Pretorius [15]. Confidence in the 

numerical model was established, as the results from the 

numerical model and the experimental results agreed relatively 

well. In this study, this initial cavity is extended to create a 

three-dimensional greenhouse model containing both a roof and 

a side ventilator. The greenhouse model under investigation has 

a width of 0.75m, sidewalls of 0.75m high, and a depth of 

0.75m. The roof is at a 45º angle. The greenhouse containing 

only the roof vent is shown in Figure 1 together with the 

greenhouse containing both the roof and side ventilators Figure 

1c shows the three-span greenhouse. Each span in the three-

span greenhouse is also 0.75m wide. 

(a) (b) (c) 

Figure 1 (a) Greenhouse with only roof ventilator (b) 

Greenhouse with both roof and side ventilator (c) Three-span 

greenhouse with side ventilator 

The greenhouse model containing only the roof ventilator was 

analysed in a previous paper by the authors [16]. In this paper 

the roof and floor for the numerical model was specified similar 

to the original greenhouse. The floor and roof were specified as 

isothermal, while the rest of the walls were adiabatic. To create 

the buoyancy force driving the flow, the roof and floor were 

specified with different temperatures. The roof was assigned a 

constant temperature of 15.1ºC, and the temperature of the floor 

was adjusted to create two different Rayleigh numbers. A small 

temperature difference (with a floor of 10ºC) yielded a 

Rayleigh number of 4.27 x 108, while a large temperature 

difference of 70ºC resulted in Ra = 1.9 x 109. The Rayleigh 

number was calculated as shown in Eq 2: 

𝑅𝑎 =
𝑔𝛽𝐿3(𝑇ℎ − 𝑇𝑐)

𝜈𝛼

(2) 

The properties of air for each Rayleigh number were calculated 

using the average temperature between the roof and the floor. A 

large control volume (17.5m x 17.5m) was created around the 

greenhouse to ensure that there was minimum interference with 

the flow inside the greenhouse. The polyhedral mesher model 

in StarCCM+ was used to create the numerical mesh. A large 

number of cells were created in the region near all the wall type 

boundaries using the prism layer model. This was done to 

ensure adequate capturing of the flow gradients in the boundary 

layer. A mesh sensitivity analysis was conducted to determine 

mesh independence. The region around the greenhouse was 

refined using a volume shape. The final numerical mesh with 

the refinement can be seen in Figure 2a. Figure 2b shows the 

prism layers around the wall-type boundaries. The boundary 

layer contained 18 orthogonal cells. The mesh for the three-

span greenhouse that was analysed contained 9 633 335 cells. 

The left and right side of the control volume on the model was 

defined as velocity inlets, with a small velocity of 1 x 10-5m/s. 

The top of the control volume was created as a symmetry plane, 

with a small part above the greenhouse defined as a pressure 

outlet. 
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To determine whether the amount of prism layer cells selected 

was sufficient for the chosen turbulence model, the Y+ values 

were monitored for each simulation. These values were less 

than 1 for each simulation, and found acceptable. 

(a) 

(b) 

Figure 2: (a) Refined mesh around greenhouse (b) Prism layer 

cells 

The coupled flow solver was chosen as this formulation is 

robust for solving flows with dominant source terms such as 

buoyancy. Initial simulations showed an inherently unsteady 

behaviour, and therefore the flow was modelled as unsteady 

with a time-step of 0.002s. In order to assess the convective 

contribution of the heat transfer in the greenhouse, the local 

Nusselt number was calculated on the inside floor of the 

greenhouse using equation 3: 

𝑁𝑢 =
ℎ𝐿

𝑘

(3) 

The height of the cavity was used as the characteristic length, 

and the properties of air were calculated using the film 

temperature. The Nusselt number for each cell on the hot floor 

was determined using a custom user function. More details can 

be found in a paper previously published by the authors [16]. 

RESULTS AND DISCUSSION 

This section presents the numerical steady state results from the 

transient simulations for two Rayleigh numbers (4.27 x 108 and 

1.9 x 109). The results are shown here in the form of scalar and 

vector plots, as well as graphs of temperature and velocity 

distributions. All the results are taken in a plane parallel to the 

xy-plane, in the centre of the greenhouse. Velocity and 

temperature distribution plots are taken in the same plane, at a 

height of 0.375m from the ground. The research in this paper is 

only and mainly concerned with the flow field inside the 

greenhouse, therefore for visualization purposes the region 

outside the greenhouse has been removed in each figure. The 

temperature distribution at mid-height for the lower Rayleigh 

number is shown in Figure 3, for both the single and the three-

span cavities. It is clear that the overall temperature at the 

specified height in the single-span greenhouse is warmer 

compared to the three-span greenhouse. The temperature 

distribution is also more homogeneous in the single span 

greenhouse. The three-span greenhouse has an increase in 

temperature from left to right, with the first span generally 

being the coolest. This is due to the cold air entering the side-

wall ventilator, and heating up as it moves along the warm floor 

towards the right wall. The warmer air moves out the third roof 

ventilator. The velocity contour plot in Figure 4 indicates 

several convective cells forming inside the three-span 

greenhouse, whereas the single-span greenhouse contains a 

single large convective cell.  

Figure 3: Temperature contour plots for (a) Single-span (b) 

Three-span greenhouse containing a side ventilator (Ra = 4.27 

x 108) 

Figure 4:Velocity scalar and vector plots for (a) Single-span 

(b) Three-span greenhouse containing a side ventilator (Ra =

4.27 x 108) 

From Figure 5 the temperature distribution can be seen. For 

both cavities the temperature increases from left to right. The 

average temperature in the single-span greenhouse at mid-

height is 18.6ºC, and the average temperature in the three-span 

greenhouse is 16.7ºC at the same height. The additional spans 

containing the additional roof ventilators clearly assist to rid the 

greenhouse of warm air. The velocity distribution shown in 

Figure 6 shows a heterogeneous distribution in the single-span 

greenhouse, with higher velocities adjacent to the walls. The 
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three-span greenhouse is characterized by a homogeneous 

velocity distribution at mid-height, with a slight rise in velocity 

adjacent to the adiabatic walls. The average velocity in the 

three-span greenhouse is 0.05 m/s, which is quite low 

indicating that still air conditions prevail in the centre of the 

cavity. 

Figure 5: Comparison of temperature distribution at mid-height 

(Ra = 4.27 x 108) 

Figure 6: Comparison of velocity distribution at mid-height (Ra 

= 4.27 x 108) 

The surface-averaged Nusselt number distribution on the heated 

floor is shown in Figure 7. The higher velocities in the single-

span greenhouse increase the convective heat transfer. The 

Nusselt number distribution in the three-span greenhouse is 

also lower and more evenly distributed compared to the single-

span greenhouse. The lowest heat transfer is noticed in the 

corners, adjacent to the adiabatic walls. The temperature 

contour plots for the higher Rayleigh number is shown in 

Figure 8. Similarly to the lower Rayleigh number plots, the 

temperature distribution in the single-span greenhouse is more 

homogenous compared to the three-span greenhouse. 

Temperature gradients are visible on the floor and corners of 

the floor for the single-span greenhouse. The three-span 

greenhouse is visibly warmer in the third span. From the vector 

plot the single-span greenhouse is characterized by a large anti-

clockwise convective cell, and a smaller cell in the left hand 

corner. The three-span greenhouse exhibits several small 

convective cells. 

Figure 7: Comparison of Nusselt number distribution on the 

floor (Ra = 4.27 x 108) 

Figure 8: Temperature contour plots for (a) Single-span (b) 

Three-span greenhouse containing a side ventilator (Ra = 1.9 x 

109) 

(a) (b) 

(a) (b) 

Figure 9: Temperature contour plots for (a) Single-span (b) 

Three-span greenhouse containing a side ventilator (Ra = 1.9 x 

109) 
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The temperature distributions at mid-height are plotted in 

Figure 10. A temperature rise from left to right is again visible 

for both the single-span and three-span cavity. But as the air 

travels longer over the hot floor in the three-span greenhouse, 

the rises to approximately  37.3ºC adjacent to the left wall, 

while the maximum temperature at mid-height in the single-

span greenhouse is 30ºC. The single-span greenhouse has a 

relatively homogenous temperature distribution for the first 

0.5m of the cavity, after which the temperature rises in the last 

0.25m of the cavity. For comparison purposes, the results from 

a previous study[17] for the same Rayleigh number but without 

a side ventilator are also shown. For a single-span greenhouse, 

it is evident that the addition of the side ventilator lowers the 

temperature significantly inside the greenhouse. The effect is 

not as pronounced for the three-span greenhouse, but a lower 

temperature distribution is observed in the first span where the 

side ventilator is installed. A similar trend of a temperature rise 

from the left wall to the right wall is noticed for both the 

greenhouse with and without the side ventilator. The velocity 

distribution shown in Figure 11 indicates that the velocity 

varies quite significantly in the three-span greenhouse. From 

0m/s adjacent to the walls, to a maximum of  about 0.85 m/s at 

0.31m from the left wall. These varying velocities are due to 

the many convective cells forming in the three-span 

greenhouse. Overall the velocity distribution in the single-span 

greenhouse is lower compared to the three-span greenhouse. An 

average velocity of 0.15m/s is noted in the single-span 

greenhouse, while the average velocity at mid-height in the 

three-span greenhouse is 0.36 m/s. When the velocity 

distribution is compared to that of a single span greenhouse 

without a side ventilator, one can see the maximum velocity is 

reached at opposite ends of the cavity. The velocity distribution 

for the three-span greenhouse containing no side ventilator is 

much lower in the first span compared to that of a greenhouse 

containing only a roof ventilator. The velocity distribution also 

doesn’t vary quite as much throughout the greenhouse when no 

side ventilator is present. 

 

 
 

Figure 10: Comparison of temperature distribution at mid-

height (Ra = 1.9 x 109) 

 

 
Figure 11: Comparison of velocity distribution at mid-height 

(Ra = 1.9 x 109) 

 

Figure 12 depicts the Nusselt number distributions on the floor 

of the greenhouse for Ra = 1.9 x 109. The convective heat 

transfer is low adjacent to the adiabatic walls for the single-

span greenhouse, with a maximum Nusselt number of 326 

reached at 0.23m from the left wall. The convective heat 

transfer in the three-span greenhouse is a maximum at the side 

ventilator entrance, and decreases towards the right wall. The 

flow next to the side ventilator is characterized by numerous 

small convective loops, which contribute to the variation in 

Nusselt number in this area. 

 
 

Figure 12: Comparison of Nusselt number distribution on the 

hot floor for Ra = 1.9 x 109 

 

Figure 12 illustrates the Nusselt number distribution on the 

floor of the greenhouse for both the single-span and three-span 

greenhouse (containing a side vent and no side vent). The 

convective heat transfer in the single-span greenhouse 

containing no side is significantly lower compared to the 

greenhouse containing the side vent. It is also visible from the 

chart that the Nusselt number distribution for the three-span 

greenhouse without the ventilator doesn’t vary as much in the 

first span compared to the case where the ventilator is present. 

At time of publication of this study, the Nusselt-Rayleigh 
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number relationships were not available yet. These results will 

be communicated in future research on this topic 

 

CONCLUSION 
 
A numerical study of natural convection in a single-span and 

three-span greenhouse with a roof and side ventilator was 

conducted. Contour plots of the temperature and velocity 

distributions indicated that the presence of a side-wall 

ventilator has a significant influence on the indoor climate and 

heat transfer of the greenhouse. The results from this study 

indicate that care should be taken when expanding greenhouses 

to contain more spans, and adding side ventilators. Additional 

side vents can be valuable to rid the greenhouse of hot air and 

can increases the convective heat transfer in the areas in the 

vicinity of the side vent. Howevert it was also shown that the 

addition of the side ventilator can increase the heterogeneity of 

the air velocity distribution and measures should be taken to 

ensure a more homogeneous velocity distribution inside the 

greenhouse. The maximum velocities observed in both the 

single and three-span greenhouse are also too high, and can 

influence plant growth. A more detailed Nusselt-Rayleigh 

relationship should be established for these cavities. This will 

be explored in future studies. The results of this study may 

assist growers and greenhouse designers in the design and 

implementation of ventilators for a sustainable greenhouse 

system.  

 

 

Nomenclature 
 

  

g [m/s2] gravitational acceleration 

h [W/m2.K] convection coefficient 
k [W/m.K] thermal conductivity 

L [m] characteristic height 

Tc [ºC] temperature of cold wall 
Th [ºC] temperature of hot wall 

�̅� [m/s] velocity  

Special characters 

α [m2/s] thermal diffusivity 
β [-] thermal expansion coefficient 

ϕ [-] fluid property 

ρ [kg/m3] density  
Γ   * diffusion coefficient 

𝑆𝜙 [-] source term 

ν [m2/s] kinematic viscosity of air 
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ABSTRACT 
Natural draft air-cooled condensers provide a novel means of 

condensing the working fluid in power cycles. Very few natural 

draft air-cooled condensers are in operation globally, 

necessitating the characterization of these systems’ performance. 

These systems are potentially less sensitive to performance 

degradation under windy conditions compared to traditional A-

frame air-cooled condensers, with the additional benefit of 

significantly lower operational costs due to the absence of 

multiple fan drives. These direct condensing systems also do not 

require a separate shell-and-tube condenser and as such, have a 

reduced system complexity and cost relative to indirect systems. 

This study develops a 1-dimensional model to simulate the air-

side performance of a natural draft air-cooled condenser with 

vertically arranged heat exchanger bundles.  

The model solves the energy and draft equations 

simultaneously to determine the performance of the system and 

is validated by comparison to literature which references large-

scale experimental results.  

The main performance parameters are calculated and 

presented at three relevant thermal load scales related to diverse 

applications: a typical coal fired power generating unit (900 

MW), a concentrated solar plant (100 MW) and a desalination 

plant (1 MW). Results are presented, showing the performance 

characteristics of these systems at typical operating points. 

INTRODUCTION 
Water scarcity is a looming threat to the global population 

and economy. The percentage of the global population living in 

water scarce regions has increased by a factor of 16 since the mid 

1900’s, while the total population has increased by one fourth of 

that [1]. These facts, combined with projections of the global 

population reaching 9.7 billion by 2050 and global energy needs 

increasing between 25% to 61% by 2050, paints a stark picture 

of the future [2,3]. The careful utilization of the available water 

resources on earth is thus of critical importance.  

Dry cooling systems only make up about 3% of cooling 

systems used for power generation in the US, with evaporative 

wet cooling technologies making up more than 50% [4]. 

Although wet towers have higher thermal cooling efficiencies, 

they suffer from significant water losses in the form of drift, 

blow-down and evaporation. These losses can range from 290 t/h 

to 440 t/h and can amount to 4% of total water flow rate [5]. The 

majority of these systems are of the indirect type, requiring a 

separate condenser to convert the working steam into water. This 

adds complexity and cost to the system. Air-cooled condensers 

offer an alternative to these systems but have several drawbacks 

that include susceptibility to vacuum related load losses and trips 

[6,7] during periods of high ambient temperature and adverse 

wind conditions.  

The use of a Natural Draft Direct Dry Cooling System 

(NDDDCS) is proposed that combines the advantages of indirect 

dry cooled systems and air-cooled condensers. These systems 

make use of the air density difference between the inside and 

outside of the tower structure to provide the driving force for the 

air. Operational costs are kept to a minimum as no fans are 

needed and system complexity is reduced as there is no need for 

a separate condenser [8].  

NOMENCLATURE 
A [m2] Area 

a [m] or [-] Major axis or velocity correction factor 

b [m] Minor axis 
c [J/kg K] Specific heat 

d [m] Diameter 

H [m] Height 
h [W/m2 K] Heat transfer coefficient  

K [-] Loss factor 

k [W/m K] Thermal conductivity 
L [m] Length 

�̇� [kg/s] Mass flow rate 

P [Pa] or [m] Pressure or pitch 

Pr [-] Prandtl number 

�̇� [W] Heat transfer rate 

T [K] Temperature 

Greek symbols 

δ [m] Thickness 

ε [%] NTU-effectiveness 

μ [kg/m s] Dynamic viscosity 
ρ [kg/m3] Density 

θ [rad or degrees] Angle 

Subscripts 

a Air 

amb Ambient 
c Condenser/Condensation 

ct Cooling tower 

e Exit 
f Fin 
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fr  Frontal 

he  Heat exchanger 

i  Inlet  

il  Inlet louvre 

m  Mean 

o  Outlet 
p  Pressure 

t  Tube 

to  Tower outlet 
ts  Tower support 

v  Vapor 

 

 

In recent years NDDDCSs have been attracting academic 

interest due to the aforementioned advantages. Kong et al. [9] 

proposed an annular arrangement and showed improved 

performance under wind conditions relative to delta 

arrangements. Goodarzi et al. [10] proposed using outward delta 

heat exchangers to improve thermal performance under windy 

conditions. Duniam et al. [11] considered the performance of 

direct and indirect dry cooling systems for a s𝐶𝑂2 Brayton cycle 

and concluded that a direct system requires a 40% smaller heat 

transfer surface area compared to the indirect system to achieve 

a similar cooling duty. Elliptical [12] and square [13] tower 

geometries have been proposed to reduce adverse wind effects 

or to even improve performance under high wind conditions. 

Novel configurations like combining vertically and horizontally 

arranged air-cooled condensers have been shown to have 

superior performance relative to the standalone systems [14].  

This paper develops a 1-D mathematical model to compare 

to prior studies, and specifically evaluates scaling of the 

NDDDCS for large coal applications down to smaller CSP and 

desalination plant scales. Due to the low operational cost of these 

systems and expected reduced sensitivity to wind, they can 

potentially increase the viability of concentrated solar (CSP) and 

water desalination plants. In terms of desalination applications, 

the NDDDCS could potentially be used to condense the water 

vapor after being desalinated. Water desalination has a large 

potential to be implemented worldwide. Out of the 71 largest 

cities in the world, 42 are located along the coastline [15].  

A schematic of the NDDDC system is shown in Figure 1. 

Exhaust steam from the turbine enters the large diameter steam 

ducting and flows towards the systems’ heat exchanger bundles. 

The condenser bundles are typically divided into sections to 

allow for even distribution of steam. The steam enters the finned 

tube bundles where heat is exchanged through the tube wall to 

the ambient air, condensing the steam. Ambient air flows 

through the finned tube bundles. 

For this analysis, the heat exchanger bundles are arranged 

vertically around the tower. The heat exchanger bundles used in 

this study are taken from the work of Kröger [16]. The air side 

performance characteristics and steam side cross-sectional area 

of a two-row air-cooled finned tube configuration is combined 

such that it approximates the geometry and thermal performance 

of a modern single-row finned tube, similar to those used by 

Kong et al. [8,9,13,14]. The finned tube used in the analysis is 

shown in Figure 2. 

 

 

 

 

(a) 

 

(b) 
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Figure 1:  a) Isometric tower view b) frontal tower view c) top 

tower view 
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Figure 2: a) Effective finned tube employed 

 

Table 1: Effective geometric parameters of finned tube 
Description  Symbol Value  

Base tube major axis (m) 𝑎 0.15  

Base tube minor axis (m) 𝑏 0.026  

Base tube thickness (m) 𝛿𝑡 0.0015  

Tube pitch (m) 𝑃𝑡 0.039  

Fin length (m) 𝐿𝑓 0.18  

Fin height (m) 𝐻𝑓 0.0195  

Fin thickness (m) 𝛿𝑓  0.00025  

Fin pitch (m) 𝑃𝑓 0.0023  

 
For each scale a reference size tower is established. The 

generated results are calculated from this reference point. The 

reference towers for the relevant scales are shown below. 

 

Table 2: Geometric parameters of reference NDDDCSs 
Description  Symbol Value  

Large scale    

Tower height (m) 𝐻5 165.0 

Tower inlet height (m) 𝐻4 16.5  

Tower inlet diameter (m) 𝑑3 165.0  

Tower outlet diameter (m) 𝑑5 82.5  

   

Medium scale    

Tower height (m) 𝐻5 65.0  

Tower inlet height (m) 𝐻4 6.5  

Tower inlet diameter (m) 𝑑3 65.0  

Tower outlet diameter (m) 𝑑5 32.5  

   

Small scale    

Tower height (m) 𝐻5 11.5  

Tower inlet height (m) 𝐻4 1.15  

Tower inlet diameter (m) 𝑑3 11.5  

Tower outlet diameter (m) 𝑑5 5.75  

 
The reference ratios for (H5/d3), (d5/d3)  and (d3/H4)  are 1, 0.5 

and 10 respectively. The delta apex angle for all cases is 60°.  

MODELLING 
Mathematical model 

To accurately solve the thermal performance through a 

cooling tower the energy – and draft equations must be solved 

simultaneously. The heat transfer through the NDDDCS is 

governed by equation (1).  

�̇� = �̇�𝑎 𝑐𝑝𝑎  (𝑇𝑎𝑜 − 𝑇𝑎𝑖) = �̇�𝑎 𝑐𝑝𝑎  휀 (𝑇𝑣𝑖 − 𝑇𝑎𝑖)                      (1) 

 

The effectiveness is determined via the effectiveness-NTU 

method as: 

휀 = 1 − exp (−
𝑈𝐴

�̇�𝑎 𝑐𝑝𝑎 
)                                                             (2) 

where 𝑈𝐴 is the overall heat transfer coefficient determined by 

the following relation:  

𝑈𝐴 = (
1

ℎ𝑒𝑎𝐴𝑎

+
1

ℎ𝑐𝐴𝑐

)
−1

                                                            (3) 

 

The air-side heat transfer coefficient restricts the heat transfer 

process, and is described by the following relation for the 

characteristic heat transfer parameter as used in [16]:  

𝑁𝑦 = 366.007945 𝑅𝑦0.433256 + 360.588007 𝑅𝑦0.47037      (4) 

The effective air-side heat transfer coefficient is expressed as: 

ℎ𝑎𝑒𝐴𝑎 = 𝑘𝑎𝑃𝑟𝑎𝐴𝑓𝑟𝑁𝑦                                                                    (5) 

The tube bundle loss coefficient is found from:  

 𝐾ℎ𝑒 = 4177.08481 𝑅𝑦−0.4392686                                                (6) 

where 𝑅𝑦 refers to the flow parameter and is calculated via 

using: 

 𝑅𝑦 =
�̇�𝑎

 𝜇𝑎 𝐴𝑓𝑟 
                                                                                     (7) 

 

The draft equation must be satisfied to converge the solution 

and is described by: 

𝑃𝑎𝑚𝑏 [ (1 − 0.00975
𝐻4

2𝑇𝑎𝑚𝑏
)

3.5

{1 − 0.00975
𝐻5−

𝐻4
2

𝑇𝑎𝑜
}

3.5

− (1 −

0.00975
𝐻5

𝑇𝑎𝑚𝑏
)

3.5

] = (𝐾𝑖𝑙+𝑡𝑠 + 𝐾ℎ𝑒𝜃 +

𝐾𝑐𝑡)ℎ𝑒  (
�̇�𝑎

𝐴𝑓𝑟
)

2

 (
1

2𝜌𝑎𝑚
) [1 − 0.00975

(𝐻5−
𝐻4

2
)

𝑇𝑎𝑜
]

3.5

+ (𝐾𝑡𝑜 +

𝑎𝑒5) (
𝑚𝑎̇

𝐴5
)

2

 (
1

2𝜌𝑎5
)                                                                        (8)     

The abovementioned equation represents the balance between 

the available driving force and the flow resistances encountered 

by the air flowing through the tower.  

VALIDATION 
The model was validated against a CFD simulation 

performed by Kong et al. for a NDDDCS with vertically 

arranged heat exchangers. A constant saturated steam 
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temperature of 360.95 K and ambient temperature of 306 K was 

implemented to match the radiator temperature and conditions as 

specified in [9]. The main tower dimensions and results are 

shown in Tables 3 and 4 respectively.  

  

Table 3: Tower dimensions for validation case 
Description  Symbol Value  

Tower height (m) 𝐻5 150 

Tower inlet height (m) 𝐻4 11  

Tower inlet diameter (m) 𝑑3 140  

Tower outlet diameter (m) 𝑑5 91  

 

Table 4: Validation comparison 
Variable  1-D model CFD by [9]  % Difference 

�̇�𝑎 31903.88 kg/s 32557.97 kg/s 2.05 % 

�̇� 1226.19 MW 1136.35 MW 7.9 % 

 

The discrepancy in air mass flow rate and heat transfer rate 

can be attributed to the difference in performance characteristics 

between the heat exchanger tubes modelled in this study 

compared to those employed by [9]. The tube bundle pressure 

drop (Equation 6) is an empirical relation for a double row heat 

exchanger, and as such the predicted pressure drop for a single 

row heat exchanger will be conservative. The results show 

reasonable agreement despite using different tubes.  

RESULTS AND DISCUSSION 
The 1-D model can simulate the performance of a natural 

draft dry cooling system at various scales, limited by the validity 

of the relations used. System simulations were performed at 

three different scales: large coal fired (900 MW, 165 m height), 

large CSP (100 MW, 65 m height) and expected desalination 

plant (1 MW, 11.5 m height). Performance trends were generated 

by using a reference height for each scale (Table 2) and 

subsequently increasing the total tower height to inlet diameter 

ratio (H5/d3) and outlet diameter to inlet diameter ratio (d5/d3).  

A second set of results were generated by equating the frontal 

area of the heat exchangers and varying the inlet diameter to inlet 

height ratio (d3/H4). This results in towers with smaller diameters 

but higher inlet heights (thin) and towers with large inlet 

diameters and low inlet heights (wide). All ratios are varied by 

keeping a constant inlet diameter and increasing/decreasing the 

other dimension except in the latter case.  All simulations were 

performed at a constant saturated steam temperature of 323.15 K 

at the cooling system inlet and ambient temperature of 293.15 K, 

giving an initial temperature difference of 30 K for all scales.  

The heat rejection rates for the various scales are shown in 

Figure 3. As tower height is increased a larger draft (driving 

force) can be generated, allowing for a larger air mass flow rate 

and subsequent heat transfer rate to be achieved. Larger outlet 

diameters increase the available internal flow area of the tower 

for an equivalent draft, leading to larger air mass flow rates. The 

air mass flow rate follows a similar trend to the heat rejection 

rate and is the major driver of the heat rejection rate. The results 

show that designers could benefit from increasing the outlet 

diameter of a tower and gain similar performance increases if not 

more, relative to increasing the tower height. This may also assist 

toward a reduction in the visual impact of such systems.  

 (a) 

 

 

 

                                                        (b)                                                                                             

(c) 

 Figure 3: Heat rejection rates for a) large (900 MW) b) medium (100 

MW) and c) small (1 MW) scale NDDDCSs 
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It should however be noted that increased tower outlet 

diameter may increase the potential for cold inflow, which may 

be detrimental to plant performance. This aspect has not been 

included in this analysis, but the onset of cold inflow can be 

detected by the model.  

Figure 4 (a)-(c) shows the heat rejection rates for towers with 

equated frontal areas and total heights but varied inlet heights. 

The heat transfer characteristics differ between the various 

scales. At all scales the inlet diameter to inlet height ratio of 15 

is least affected by changes in the outlet diameter to inlet 

diameter ratio, with an optimum value of 0.6. For the medium 

and small-scale towers, it is interesting to note that the 

performance of the (d3/H4) ratio of 10 is superior for most ratios 

of (d5/d3). For the larger scale tower, the performance of the 

towers with (d3/H4) ratios of 10 and 15 converge for higher ratios 

of (d5/d3) while for the medium and small-scale towers the 

performance diverges for these ratios.  

The fact that the trends for the large-scale towers differ from 

the medium and small-scale towers shows that the flow 

characteristics differ between scales. This shows that heat 

exchanger height significantly affects the behavior of the flow 

entering the tower. It is known that the flow entering the tower 

separates, recirculates and reattaches, causing low pressure 

regions and the formation of a vena contracta [17].  

The steam velocity trends are shown in Figure 4 (d)-(f). The 

steam velocity decreases dramatically as the scale of the tower 

decreases due to the tubes becoming shorter. When H4 decreases 

for a constant frontal area, the tube lengths decrease accordingly 

(i.e. more tubes of shorter length). Therefore, while the air-side 

frontal area stays the same, the steam side cross-sectional area 

increases, which results in a lower steam velocity for a similar 

mass flow rate. Figure 4 shows higher heat transfer rates for 

lower ranges of steam velocity. This indicates a preference to 

employing shorter tubes to limit the velocity and pressure drop 

to some extent on the steam side, causing higher average steam 

temperatures in the system. The change in steam velocity with 

changes in (d5/d3) ratio is more significant for decreasing ratios 

of (d3/H4). Changes in d5 for small d3 values cause significant 

increases in air mass flow rate, resulting in boosted steam 

velocities to maintain energy balance.  
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(e)  

 

 

 

(f) 

Figure 4: Heat rejection rates and steam velocities for 900 MW 

(a,d) 100 MW (b,e) and 1 MW (c,f) scale NDDDCSs  

CONCLUSION 
This study investigated the performance characteristics of a 

NDDDCS for three different application scales. Results show 

that increasing H5 increases the draft and air mass flow rate 

through the tower, leading to higher heat rejection. Similarly, 

increasing d5 allows for a larger air mass flow and heat rejection 

rate. Towers of different scales have varying sensitivities to 

changes in d5 for a given (d3/H4) ratio. This ratio has an optimal 

value of 10 for the 100 MW and 1 MW scales, which is 

interesting as larger inlet diameters usually lead to larger air mass 

flow rates. Tower performance increases for shorter heat 

exchanger tubes, corresponding to lower steam velocities and 

pressure drops.  
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ABSTRACT 

We studied the experimental measurement of the near-field 

transient behaviors of a buoyant plume adjacent to a circular 

heating plate in water. The main principle is based on the 

temperature dependence of the absorption coefficient of water at 

the wavelength of 1150 nm, which is the most temperature-

sensitive wavelength in the ν1 + ν2 + ν3 absorption band of water. 

The heat source was inductively heated via electromagnetic 

induction and was located at the center of the bottom of a 

rectangular glass cuvette, with inner dimensions of 20 mm × 10 

mm × 45 mm. Temperature profiles could be constructed from 

two-dimensional images of absorbance, which were acquired 

using a near-infrared imaging system. It was found that the heat 

flux density transferred through the heating plate was determined 

as a result of eddy currents loss due to the induction heating. In 

addition, the plume shape was found to be strongly dependent on 

the heat-flux-based Rayleigh number, Ra*. On increasing Ra*, 

the boundary-layer flow adjacent to the surface of the heat source 

became bifurcation, leading to the change in the shape of the 

plume. 

INTRODUCTION 

When a horizontal plate is heated, thermal plumes occur as a 

consequence of the change in the density of fluid due to the rise 

in the temperature. They have been extensively studied in many 

industrial situations, such as heat exchangers, fuel cells, and 

cooling processes owing to their significant effects on transport 

processes [1,2]. For these energy-related applications and 

devices, the thermal plume in the neighborhood, i.e., the near 

field of the thermal plume of a heating part, such as a plate, fin, 

or wire has attracted much attention because the stability of this 

region affects the plume development at the far-field region. 

Indeed, under some specific heating conditions, the boundary-

layer flow adjacent to the surface of the heat source becomes 

bifurcation or bursting, leading to the fluctuation of the plume 

and the organization of a steady-state regime [3–5]. 

Recently, plume formation has been investigated in terms of 

theoretical analysis and numerical simulation. For example, 

Sezai et al. [6] performed the influence of the various parameters 

such as the Rayleigh number and the aspect ratio of a heater on 

convective flow patterns. It was concluded that the heat transfer 

rate is unaffected by the boundary conditions at sidewalls. 

Hattori et al. [3] examined the near field of pure planar thermal 

plumes based on the relationship between momentum diffusivity 

and thermal diffusivity, i.e. the Prandtl number. Apart from these 

above methods, experimental techniques have been performed to 

investigate buoyant flows. A shadowgraph technique [7] or 

interferometry [8] are often used because the full-field 

temperature information can be acquired. However, these 

laboratory setups provide an average convection pattern and 

have a low spatial resolution as well. The accuracy of such 

imaging might be improved with the use of infrared 

thermography. Kondrashov et al. [4] used an infrared imager to 

measure the temperature distribution near a set of heaters and 

compared the results with the numerical simulation ones. 

Although this method is especially feasible and useful because it 

enhances the detailed spatial resolution of convection 

characteristics, only surface temperatures can be detected. 

The near-infrared (NIR) absorption imaging technique has 

made it possible to obtain an average temperature along the light 

path within the medium, i.e., the inner temperature. This method 

is a transmission one, and it is based on the temperature 

dependence of the absorption band of water in the NIR region. 

The temperature can be non-invasively measured by analyzing 

the variations in the NIR spectra. We also demonstrated the 

effectiveness of this technique in cases where the natural 

convection and mixed convection formed around a 1-mm 

diameter heating sphere in water [9–11] with a resolution of less 

than 0.2 K.  In this study, the NIR-based technique is 

continuously developed to investigate the near-field transient 

behaviors of the plume adjacent to a horizontal heating plate in 

water. The heat source was a circular plate inductively heated via 

electromagnetic induction and was located at the center of the 

bottom of a rectangular glass cuvette. Temperature profiles could 

be constructed from two-dimensional images of absorbance, 

which were the horizontal projection of the absorption 

coefficient. This paper also presents a method of determining 

constant surface heat flux values as a result of eddy currents loss 

due to induction heating. By varying the heat flux, an unstable 

region above the heating plate was determined in terms of the 

heat flux-based Rayleigh number, Ra*. 
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NOMENCLATURE 
 

a [m] Radius 

A [-] Absorbance  
B [T] Magnetic induction 

d [mm] Thickness of the water layer  

f [kHz] Induction heating frequency 
h [m] Thickness of the plate 

I [A] Electric current   

J [a.u.] Spectral intensity of light  
k [W/m K] Thermal conductivity 

l [m] Distance between he coil center and  

the bottom of the plate 
L [-] Characteristic length 

n [-] Number of coil turns 

q [W/m2] Heat flux 
Q [W] Eddy current loss 

Ra* [-] Heat flux-based Rayleigh number 

t [s] Time  
T [K] Temperature 

   

Special characters 
α [K-1mm-1] Temperature coefficient  

β [1/K] Thermal expansion coefficient 

γ [%] Heating power level 
δ [H/m] Magnetic permeability of steel 

λ [nm] Wavelength  

µ [mm-1] Absorption coefficient 
ν [m2/s] Kinematic viscosity of fluid 

ρ [kg/m3] Density  

σ [S/m] Electrical conductivity of steel 
χ [m2/s] Thermal diffusivity of fluid 

TEMPERATURE DEPENDENCE OF NIR ABSORPTION 
OF WATER 

 

 There are three fundamental vibration modes of water: 

symmetric stretching (ν1), bending (ν2), and antisymmetric 

stretching (ν3); each mode has an absorption peak corresponding 

to its unique frequency. In addition, there are considerable 

overtones and combinations of these three modes, several of 

which are observed in the NIR region (800 – 2500 nm) [12]. In 

this study, we used the absorption spectra of water in the 10-mm-

thickness layer in the wavelength (λ) range of 1100–1250 nm 

corresponding to the combination of the ν1, ν2, and ν3. In this 

variation, the absorbance spectrum of the ν1 + ν2 + ν3 band moves 

slightly toward a shorter wavelength as the temperature of water, 

T increases. This temperature dependence might be attributed to 

the hydrogen bonds (H-bonds) between water molecules [13]. In 

the case of there are no H-bonds in water molecules, the 

absorption bands of water are located at shorter wavelengths. 

Whereas, the existence of H-bonds lowers the frequency of their 

intramolecular vibration, meaning that the original absorption 

bands of water are shifted to longer wavelength. When T is 

increased, several H-bonds decrease, and the effects of H-bonds 

are weakened. Consequently, the absorption bands moved to 

higher frequencies, i.e., shorter wavelengths. Here, the 

absorbance, A, is given as follows: 

10

0

( , )
( , ) log

( )

J T
A T

J





= −            (1) 

where λ is the wavelength of light, T is the temperature of water, 

J and J0 are the intensities of light transmitted through the water 

and of incident light. 

To describe the spectral change due to temperature, ΔA(λ, T), 

is calculated by subtracting the reference absorbance spectrum, 

Ar, from an arbitrary one, A, as follows: 

10 10

0 0

log log logr
r

r

JJ J
A A A

J J J
 = − = − + = −         (2) 

where Ar is the reference absorbance and Jr is the intensity of 

transmitted light at a reference state (16.0 oC here).  

It may be reasonable to assume that T is uniform along the 

light path, therefore, the absorption coefficient difference, Δμ is 

calculated using ΔA and the thickness of the water layer, d, i.e., 

the optical path length, as follows: 

A

d



 =                      (3) 

It is known from our previous studies that there is a 

proportional relationship between ΔT and ΔA [10]. Hence, ΔT 

can be defined by the equation:  

T





 =                      (4) 

where α is the temperature coefficient, α = 2.8 × 10−4 K−1 mm−1 

for the NBPF at λ = 1150 nm. For temperature imaging, we used 

a narrow-bandpass filter (NBPF) with a transmittance peak at λ 

= 1150 nm, as described in the next section. 

 

Figure 1 (a) Dimensions of a glass cuvette containing a 

steel plate. (b) Schematic of the experimental setup.      
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EXPERIMENTAL METHOD 
 

Figure 1(a) illustrates a glass cuvette with the inner 

dimensions: length × width × height = 20 mm × 10 mm × 45 mm 

(the optical path length is 10 mm). The top of the cuvette was 

open without a cap. Pure water was pumped into the cuvette 

using a syringe with a filter to reduce bubbles or fine dust. We 

prepared a circular heater with the dimensions: diameter × 

thickness = 5 mm × 1 mm. The plate was attached in advance to 

the center of the surface of a thin plexiglass plate (length × width 

× thickness = 20 mm × 10 mm × 2 mm) using a small amount of 

glue and then placed into the bottom of the cuvette. The origin 

(x = 0, y = 0, z = 0) was define at the center of the bottom surface 

of the heater.  

Figure 1(b) illustrates the laboratory setup in this study. The 

light beam along x-direction emitted from a halogen lamp (LA-

150UE-A; Hayashi Watch-Works, Japan) passed through a 

telecentric uniform illumination system (TUIS). The TUIS was 

made up of two parts: a 1X collimator lens (RLQL80-1; Asahi 

Spectra, Japan) and a telecentric lens unit (TOU-1-31; Asahi 

Spectra, Japan). While the collimator lens turned a gaussian 

beam from the halogen lamp to a homogeneous illumination in 

square form, the use of a telecentric lens unit could achieve a 

uniform and parallel light. In addition, an NBPF with a 

transmittance peak at 1150 nm and full width at half maximum 

of 10 nm (115FS10-25; Andover) was inserted inside TUIS to 

obtain the absorption images at the wavelength of 1150 nm. The 

light at λ = 1150 nm transmitted through a glass cuvette was 

detected by a NIR camera (Alpha NIR; FLIR Systems, USA). 

The camera had a 320 (H) × 256 (V) pixels and a 30-μm-pitch 

indium gallium arsenide (InGaAs) array detector with a response 

wavelength of 900–1700 nm. The maximum frame rate was 30 

frames/s. Between the cuvette and the camera, a telecentric lens 

system (55-349; Edmond Optics) with a magnification of 0.25X 

was used to select the light rays parallel to the light path axes. A 

local heat source from the steel plate was inductively generated 

by a 780-kHz electric current, which was supplied by a power 

generator (SPW900/56; CEIA, Italy) through a two-turn coil 

with an outer diameter of 28 mm.  The distance between the 

bottom face of the induction coil and the bottom of the heating 

plate was set to 20 mm. The output power of the generator could 

be varied from 10% to 99% by changing the duty ratio, γ (%) of 

the maximum power of 5.6 kW, where the maximum current, 

Imax was 336 A. Therefore, the current passing through the coil 

can be expressed as:  

max / 99I I =              (5) 

Twelve-bit digital images were recorded at 30 frames/s with 

image acquisition software (IRvista; FLIR Systems, MA, USA) 

in .tiff format consisting of multiple individual frames. These 

raw files were imported into MATLAB R2019a (Mathworks, 

MA, USA) for the data processing.  
 

HEAT FLUX ESTIMATION 
 

The magnetic induction B generated by an electrical current 

through the coil can be defined from the Biot-Savart law [14]: 

 

Figure 2 Eddy current loss when magnetic induction applied to 

the circular plate  

2

2 2 3/22( )

c

c

nIa
B

a l
=

+
                      (6) 

where δ is the magnetic permeability of steel, n is the number of 

coil turns, ac is the radius of the coil, and l is the distance between 

the coil center and the bottom of the plate. We used the following 

values for the calculation: δ = 4π × 10−7 H/m, n = 2, ac = 12.5 

mm, and l = 24 mm. 

We considered the circular plate with radius ap and thickness 

h placed in time-varying magnetic induction, as shown in Figure 

2. The induced voltage for sinusoidal flux enclosed on each ring 

on the plate is:  

2 d ( )

d

B t
V r

t
=                        (7) 

The element of the induced current can be defined as follows: 

2 d ( )
d d

2 d

r h B t
i r

r t

 


=                       (8) 

where σ is the electrical conductivity of steel (σ = 1.45 × 106 

S/m). The eddy current loss for the element of circular ring is:  

2

3 d ( )
d (d ) d

2 d

h B t
Q V i r r

t

  
= =  

 
          (9) 

Then, the total loss becomes: 

4 2 2 2

0

d cos
8

a

p

h
Q Q a B t


 = =         (10) 

and the average eddy current loss is calculated as: 

3 4 2 2

avr
8

pa f B h
Q

 
=                  (11) 

where f is the magnetic field frequency (f = 780 kHz). 

B

r dr

h

i
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Coils
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Figure 3 (a) ∆A (x, z) images acquired from NIR camera after 

the start of induction heating at different times for q = 46900 

W/m2. (b) ΔA profiles (symbol marks) and their fitting curves 

(solid lines) along z = 0.7 mm 

Consequently, the average eddy current loss per unit volume 

or the volumetric rate of heat generation in the plate is expressed 

as:   

2

vol

( )

4

pa fB
Q

 
=                  (12) 

Note that the skin effect could be ignored in this study due to 

the extremely low value of the Biot number (10−3 – 10−2). Finally, 

the heat flux density transferred through the heating plate is 

defined as: 

2( )

4

fB
q


=                            (13) 

It is more convenient to observe and interpret the thermal 

plume evolution in term of the heat flux, rather than the power 

heating of the induction heating system. In this study, we used q 

= 46900 W/m2 and q = 188000 W/m2 instead of γ = 20 % and γ 

= 80 %, respectively.  

 

Figure 4 (a) ∆A (x, z) images acquired from NIR camera after 

the start of induction heating at different times for q = 188000 

W/m2. (b) ΔA profiles (symbol marks) and their fitting curves 

(solid lines) along z = 0.7 mm 

RESULTS AND DISCUSSION 
 

Figure 3(a) shows the time evolution ∆A (x, z) images for q 

= 46900 W/m2. At a very early time (not shown here), the fluid 

motions parallel to the steel surface, and a thermal boundary 

layer (TBL) is formed. With the passage of time, the TBL 

gradually develops upward, and the ∆A distribution turns to a 

dome-like shape (t = 5.0 s). Once buoyancy-induced motion is 

sufficiently large, the fluid flow turns to the vertical direction, 

forming a starting plume in the convection-dominated region (t 

= 9.3 s − 13.3 s). Progressively, the plume stem becomes 

narrower, while the plumed cap generates a mushroom shape (t 

= 17.9 s).  

The temperature distributions were computed using 

equations (3) and (4). Figure 3(b) shows the ΔT plots and their 

fitting curves extracted along the horizontal lines at z = 0.9 mm, 

and t = 5.0, 9.3, and 17.9 s, where z = 0 is the steel surface. It can 

be seen that the maximum ∆T gradually increases with increase 
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in t. In addition, as expected, the ∆T plots are convex-shaped 

distribution, which is frequently observed in the initial stage of 

natural convection from a small heat source or in weak heating 

intensity.  

On increasing power heating (q = 188000 W/m2), a new 

formation of the thermal plume occurs, as shown in Figure 4(a). 

At t = 2.2 s, the TBL is formed, in which the horizontal motion 

appears in the conduction-dominated region. At t = 4.6 s, the 

TBL is broken, and it becomes bifurcated. As time proceeds, the 

two hot regions (two branches of the plume) reasonably 

approach closer to each other and coalesce; at t = 5.9 s, the 

bifurcation completely vanishes. However, unlike to the case of 

q = 46900 W/m2, where the mushroom-shaped cap rises upward 

in the convection-dominated region, the plume is now 

characterized by an umbrella-like shaped head (t = 8.4 s).  

To clearly observe the shape transition in the region near the 

plate in the case of q = 188000 W/m2, the temporal changes in 

ΔT at z = 0.9 mm as shown in Figure 4(b). At t = 2.2 s, a convex 

temperature distribution is formed in the thermal conduction 

region. At t = 4.6 s, it becomes a concave shape and then returns 

to the convex shape at t = 8.4 s.  

These images suggest that when the temperature or the heat 

flux reaches some critical value, the bifurcation in the TBL 

occurs. In order to generalize the results, the plume formation 

can be characterized by the heat flux-based Rayleigh number, 

Ra*:  

4
* sg q L

Ra
k




=                          (14) 

where g is referred to as the gravitational acceleration (9.81, 

m/s2), β is the thermal expansion coefficient of fluid (2.1 × 10-4, 

K-1), k is the thermal conductivity of fluid (0.6, W/m K), ν is the 

kinematic viscosity of fluid (1.01 × 10-6, m2/s), χ is the thermal 

diffusivity of fluid (1.44 × 10-7, m2/s), and L is the characteristic 

length of the heater (0.00125). Here, L is the ratio between the 

plate surface area and the perimeter, respectively.  

Table 1 shows various Ra* values corresponding to q and γ 

values. By repeating the same procedure with the remaining q 

values, it has been found that the critical of Ra* lies within the 

range 3193 and 4249. 

  

Table 1  

Ra* calculated with various γ and q 

γ (%) q (W/m2) Ra* 

10 23500 1065 

20 46900 2127 

30 70400 3193 

40 93900 4259 

50 117000 5307 

60 141000 6395 

70 164000 7439 

80 188000 8257 

CONCLUSION  
 

Two-dimensional distributions of the near-field of thermal 

plumes adjacent to a circular heating plate in water were 

investigated using the NIR imaging technique, which was based 

on the temperature dependence of the ν1 + ν2 + ν3 absorption band 

of water at a wavelength of 1150 nm. The absorbance images 

were successfully obtained by the NIR measurement system with 

a telecentric uniform illumination setup. Various heat flux values 

were calculated from eddy current losses in induction heating. 

The images showed that the TBL was generated in the 

conduction-dominated region at an early time. As time proceeds, 

the TBL was broken, and the formation of the thermal plumes 

was found to be strongly dependent on Ra*. At low Ra*, the 

dome-like shape was formed above the plate, leading to a 

mushroom-shaped cap in the convection-dominated region. 

When Ra* exceeds a critical value, the single plume turned to 

the bifurcated one in the initial stage, and an umbrella-shaped 

cap was formed. Continuing research will examine more detailed 

information about the plume structure in different aqueous 

solutions. Further, numerical simulation should be implemented 

to validate the experimental results. 

ACKNOWLEDGMENTS  
 

This work was supported by Mitutoyo Association for 

Science and Technology. 

REFERENCES 
 

[1] Haese P.M., and Teubner M.D., Heat exchange in an attic 

space, International Journal of Heat and Mass Transfer, Vol. 

45, 2002, pp.  925–4936.  

[2] Matian M., Marquis A.J., and Brandon N.P., Application of 

thermal imaging to validate a heat transfer model for polymer 

electrolyte fuel cells, International Journal of Hydrogen 

Energy, Vol. 35, 2010, pp. 12308–12316.  

[3] Hattori T., Bartos N., Norris S.E., Kirkpatrick M.P., and 

Armfield S.W., Experimental and numerical investigation of 

unsteady behaviour in the near-field of pure thermal planar 

plumes, Experimental Thermal and Fluid Science, Vol. 46, 

2013, pp. 139–150.  

[4] Kondrashov A., Sboev I., and Dunaev P., Heater shape effects 

on thermal plume formation, International Journal of Thermal 

Sciences, Vol. 122 , 2017, pp. 85–91.  

[5] Navarro M.C., Castaño D., and Herrero H., Thermal plumes in 

water under conventional heating : In silico experiments, 

International Communications in Heat and Mass Transfer, 

Vol. 119, 2020, 104946.  

[6] Sezai I., and Mohamad A.A., Natural convection in a 

rectangular cavity heated from below and cooled from top as 

well as the sides, Physics of Fluids, Vol. 12, 2000, pp. 432–

443.  

[7] Moses E., Zocchi G., and Libchaberii A., An experimental 

study of laminar plumes, Journal of Fluid Mechanics, Vol. 

251, 1993, pp. 581–601.  

[8] Davaille A., Limare A., Touitou F., Kumagai I., and Vatteville 

J., Anatomy of a laminar starting thermal plume at high Prandtl 

number, Experiments in Fluids, Vol. 50, 2011, pp. 285–300.  

[9] Kakuta N., Nishijima K., Kondo K., and Yamada Y., Near-

infrared measurement of water temperature near a 1-mm-

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 703 of 1061



  

  

diameter magnetic sphere and its heat generation rate under 

induction heating, Journal of Applied Physics, Vol. 122, 2017.  

[10] Kakuta N., Arakawa Y., Kyoda M., Miyake T., Mishiba K., 

and Kondo K., Near-infrared measurement of axisymmetric 

temperature field formed by free convection from a 1-mm-

diameter heating sphere in water, International Journal of Heat 

and Mass Transfer, Vol. 137, 2019, pp. 847–856.  

[11] Nguyen T.-A., Kondo K., and Kakuta N., Near-infrared 

measurement of temperature fields formed by mixed 

convection from a small heating sphere in water, International 

Journal of Thermal Sciences, Vol. 176, 2022, 107498.  

[12] Libnau F.O., Kvalheim O.M., Christy A.A., and Toft J., 

Spectra of water in the near- and mid-infrared region, 

Vibrational Spectroscopy, Vol. 7, 1994, pp. 243–254.  

[13] Ozaki Y., Huck C.W., Tsuchikawa S., and Engelsen S.B., 

Near-Infrared Spectroscopy, Springer Singapore, 2021.  

[14] Jiles D., Introduction to Magnetism and Magnetic Materials, 

CRC Press, 2016.  

 

 

 

 

 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 704 of 1061



NET FLOW CHARACTERISTICS INSIDE AN OSCILLATORY REACTOR EQUIPPED
WITH 3 ORIFICE BAFFLES
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NOMENCLATURE

d [m] Orifices diameter
D [m] Tube inner diameter
l [m] Baffles’s separation
U [m/s] Bulk velocity
ρ [kg/m3] Density
µ [kg/(m·s)] Dynamic viscosity
Re [-] Net Reynolds number, Re = ρUD/µ
Reosc [-] Oscillatory Reynolds number
Nu [-] Nusselt number

ABSTRACT
Oscillatory Baffle Reactors (OBR) are often found in indus-

trial processes. This type of device is specially intended for
chemical reactions with high residence time and moderate or
high mixing requirements (usually achieved by increasing the
Reynolds number). In order to meet both objectives, a stan-
dard pipe heat exchanger would be too big. Therefore, OBRs
are designed to produce, on the one hand, a low Reynolds num-
ber net flow, which results in a high residence time, and, on the
other hand, an oscillatory flow is superimposed to increase mix-
ing. This last effect is enhanced by inserting baffles into the pipe,
so that their presence, together with the oscillatory flow, produce
high pulsating radial velocities to optimize mixing. Besides, as
an additional benefit, heat transfer enhancement due to the en-
hanced convection is also expected.

Prior studies have proved OBRs to be very effective for the
mentioned objectives, and annular baffle designs have been stud-
ied in depth. However, to date, there are only preliminary studies
regarding other baffle geometries.

The present work presents a complete study of an oscillatory
reactor which uses three orifice baffles. The study combines dif-
ferent experimental techniques which provide a full overview of
the flow field and its characteristics.

INTRODUCTION
Heat transfer enhancement has being long studied. Active and

passive combined techniques are gaining relevance [1; 17], find-
ing remarkable potential applications. This is the case of the
Oscillatory Baffled Reactors (OBR) which are usually applied to

chemical processes with a high residence time [13], where the
combined technique allows the flow to achieve a good mixing. A
conventional tubular reactor would require high Reynolds num-
bers to operate under turbulent flow conditions, which are needed
to achieve good radial mixing. However, the former would imply
a high bulk velocity and, consequently, an extremely long tube in
order to fulfil the high residence time requirement. This problem
can be solved by using a combined technique: a set of equally-
spaced baffles is introduced in the tube and an oscillatory flow
is superimposed on a low net flow. The combination produces
a flow characterized by cyclic vortex dispersion upstream and
downstream of the baffles. As a result, heat and mass transfer
augmentations can be achieved.

Flow patterns are one of the most studied aspects in OBRs.
The aim is to identify the influence of the operating conditions
on the onset of the flow asymmetry and the chaotic behaviour.
The first noteworthy study dates from 1989, when Brunold ([2])
tested several baffle spacings: l = 1− 2D. They observed that
the flow oscillation generates vortices downstream of the baffles
during both oscillation half cycles, causing an intense mixing.
The authors identified the optimal baffle spacing at l = 1.5D, a
value which is currently a reference for the OBRs design.

Mackay ([6]) performed the first study focused on the instabil-
ity in OBRs. By using a qualitative flow visualization technique,
the authors collected in a map the flow behaviour (asymmetric
or not) as a function of the oscillatory Reynolds number, Reosc,
and the Strouhal number, St. The equations for both dimension-
less numbers are included in the Nomenclature section. For the
range of Strouhal numbers tested (0.3 < St < 2), the flow was
asymmetric at an oscillatory Reynolds number of order 200.

During the past two decades there was a rise in the number
of publications related to OBRs, introducing quantitative tech-
niques such as CFD or PIV [12], in contrast with the qualita-
tive visualization performed in previous studies. The main pur-
pose of these studies was the study of the flow patterns, but with
some chemical aspects as main goal, e.g., the scale-up [4], mix-
ing and axial dispersion [9] or the viscosity effect on mixing [3].
It should be remarked that all of them were focused on the pure
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oscillatory flow, so they did not provide information about the
net-oscillatory flow interaction.

Fitch ([3]) studied the flow patterns in a baffled tube, for a
range of Reosc = 6−5500 and St = 1.0, using PIV and CFD. The
authors found a ’channeling’ effect with an inefficient vortex for-
mation at very low oscillatory Reynolds numbers, Reosc = 6, the
symmetrical vortex formation at moderate intensities, Reosc =
20 − 150, and the onset of an asymmetric flow at higher val-
ues, Reosc = 500− 1000. The effect of the flow patterns on the
mixing was studied by the introduction of a new parameter, the
axial-radial velocity ratio. This parameter took high values at low
Reosc, pointing out a poor mixing due to the prevalence of the ax-
ial component of the flow over the radial. The axial-radial veloc-
ity ratio decreases sharply with the oscillatory Reynolds number
up to a value of ≈ 2.

One of the studies mainly focused on the flow behaviour was
performed by Zheng ([16]). The authors developed a 3D model,
which was validated with PIV results. The model is used to ob-
tain a two-dimensional map which shows the level of flow sym-
metry as a function of the Strouhal number and the oscillatory
Reynolds number, i.e., pure oscillatory flow conditions. The au-
thors observed that the maximum oscillatory Reynolds number at
which the flow becomes asymmetric is 225, at a Strouhal number
of 1.0. For St < 0.5, there is a reduction of the critical oscilla-
tory Reynolds number. At St = 0.1 the asymmetry can be seen
at Reosc = 100. It is finally highlighted that, in spite of not be-
ing a clear correlation, there is a connection between the flow
asymmetry and the mixing intensity.

Another aspect which has been a focus of attention since the
OBRs conception is heat transfer. It has been motivated by the
need of a right sizing of thermal circuits for heat addition or re-
moval when endothermic or exothermic reactions take place in
the OBR, or when the temperature is a key factor for the reac-
tion.

Mackley ([8]) studied heat transfer in a tube with equally-
spaced one-orifice baffles. The range of dimensionless numbers
tested was a Prandtl number of 124, a net Reynolds number,
Re, between 100 and 700 and an oscillatory Reynolds number
of 200-1600 (for a given net Reynolds number). The main con-
clusions were: 1) under steady flow conditions the baffles im-
ply a significant heat transfer augmentation in comparison to a
smooth tube, 2) under compound flow conditions (net and os-
cillatory flow) the effect of the oscillation on heat transfer was
limited in the absence of baffles, while there was a significant
increase for the baffled tube. Mackley ([7]) extended the pre-
vious study, carrying out two experimental campaigns: the first
focused on the study of the oscillating amplitude, and the second
on the superposition of the net and the oscillatory flow. Regard-
ing the amplitude, the effect on the Nusselt number was found
to be moderate, with a slight increase for lower oscillating am-
plitudes (and the same maximum oscillatory flow velocity). The
authors confirmed that an increase on the Re or the Reosc imply
a higher heat transfer rate. They found that at high net Reynolds
numbers, i.e., when the velocity ratio Reosc/Re is reduced, all the

results converged to the steady flow results (Reosc = 0). The re-
search group P4G [14], from Cambridge University, studied the
heat transfer in OBRs obtaining similar conclusions.

Law ([5] studied a similar OBR under cooling conditions and
constant wall temperature. The tested ranges were: Re = 200−
1400, Reosc = 0− 2700 and Pr = 4.5− 9. The authors found
that, for all the net Reynolds numbers tested, at high values of the
oscillatory Reynolds number the Nusselt number converged to a
given value. According to the authors, this observation could be
related to the minimum axial dispersion observed by Smith ([15])
in the range of oscillatory Reynolds numbers 800-1000. Above
that range, the radial mixing and the perturbation of the boundary
layer would not rise.

Regarding the heat transfer studies pointed out in this intro-
duction, the minimum net Reynolds number tested is of the or-
der of 200, a value which has been identified as the critical net
Reynolds number for baffle inserts in recent studies [10]. There-
fore, it would be interesting to extend the tested ranges to con-
ditions where the net flow would be laminar and, consequently,
there would exist a poor heat transfer under steady flow condi-
tions.

This work presents a rigorous experimental study of the net
flow through a three-orifice baffled tube, using different experi-
mental techniques: heat transfer characterization and flow field
visualization. Heat transfer has been measured under uniform
heat flux conditions. The study is focused on analyzing the flow
pattern characteristics and relating it to the device’s heat trans-
fer performance. Besides, two arrangement of the three orifice
baffles have been analyzed for comparison purposes.

EXPERIMENTAL SETUP AND PROCEDURE

9.2 mm

16 mm

120º

5 6 84321 7

D
=

32
 m

m

27.6 mm

1.
5 

m
m

1 mm

(a) Aligned baffle arrangement.

(b) Opposed baffle arrangement.

Figure 1: Geometry of the studied device and thermocouple dis-
position (thermohydraulic facility) for two different baffles ar-
rangement.

To begin with, the device under test (Figure 1) is described.
It consist of a D = 32 mm diameter pipe with equally spaced in-
serted baffles. Each baffle has three d = 9.2 mm orifices and the
baffles’ separation is equal to three times the orifices’ diameter,
l = 3× d. The two different baffle arrangements are shown in
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CAPÍTULO 3 

54                                                         Escuela Politécnica Superior de Elche - Universidad Miguel Hernández 
 

 
Figura 3.1: Vista general de la instalación. 

 
Figura 3.2: Esquema de la instalación.

Figure 2: Sketch of the experimental facility. Elements: (1)
reservoir tank, (2) electric heater, (3) circulating pump, (4) flow
control valve, (5) RTD temperature sensors, (6) piston propelling
assembly, (7) frequency converter, (8) piston, (9) visualization
tank with surrounding acrylic box, (10) insert device, (11) acrylic
pipe, (12) heat exchanger, (13) high precision cooling machine,
(14) Coriolis flowmeter, (15) loop pipes.

the figure. In the first arrangement (see Fig. 4a), every baffle has
the same angular position. In the second one (see Fig. 4b), the
baffles’ angular position changes 180◦ for consecutive positions.

In this work, two experimental facilities have been used: a
visualization facility and a thermohydraulic one.

The visualization facility is depicted in Fig. 2. It was built
in order to study the flow pattern in a circular tube with equally
spaced insert baffles, by using Particle Image Velocimetry. The
piston (8) of the sketch is not used for this work.

Cooling is provided through a plate heat exchanger by a high
precision cooling machine. Heating and final working fluid tem-
perature control is carried out by an electric heater located in the
upper reservoir tank. A Coriolis flowmeter and a control valve
are used to control and monitorize the working flowrate.

A 1280x1024 pix CMOS camera and a 808 nm laser are used
for particle image velocimetry visualization (PIV) of the flow
symmetry plane. With this aim, the flow is seeded with 57 mi-
crons polyamide. Besides, the camera has been equipped with
MACRO (x10) lenses in order to increase the image quality and
resolution.

The test section consists of an acrylic tube with the insert baf-
fles, which are fixed by three aluminium rods. The use of the
rods has been avoided in the visualization tank for better results.

Flow visualization has been accomplished using Particle Im-
age Velocimetry (PIV) within the symmetry plane of the tube.
The camera viewed the illuminated plane from an orthogonal di-
rection and recorded particle images at two successive instants
in time in order to extract the velocity over the planar two-
dimensional domain. A 1 mm thick light sheet is created by a
pulsating diode laser. A computer synchronizes the camera shut-
ter opening and the laser shot at sampling frequencies between
20 and 200 Hz. The criterion for an experiment to be considered
valid is to obtain a Signal-to-Noise-Ratio greater than 2 for more
than 90% of the interrogation areas in a PIV processed image
pair.

The thermohydraulic facility is shown in Fig. 3. It consists
of three independent circuits. The second and third circuits are
used to regulate the temperature of the reservoir tank (1). Test
fluid was pumped from the open reservoir tank (1) by a train of
three variable-speed gear pumps (2), which worked individually
or simultaneously during the tests. The flow rate was measured
by a Coriolis flow-meter (3). The baffles are installed in the main
circuit (5). The test section was a thin-walled, 2 m long, 316L
stainless steel tube with 37 equally-spaced insert baffles. The
inner and outer diameters of the tube were 32 mm and 35 mm,
respectively. Pressure drop is measured by a set of highly accu-
rate capacitive differential pressure transducers (8).

Heat transfer experiments were carried out under uniform heat
flux (UHF) conditions. The tube was heated by Joule effect
through AC in the tube wall. Power was supplied by a 6 kVA
transformer (9) connected with copper electrodes to the tube. A
variable auto-transformer was used for power regulation. The
loop was insulated by an elastomeric thermal insulation material
to minimize heat losses. The overall electrical power added to
the heating section was calculated by measuring the voltage be-
tween electrodes and the electrical current. Fluid inlet (4) and
outlet (7) temperatures were measured by submerged type RTDs
(Resistance Temperature Detector). A total of 64 thermocou-
ples were installed at the test section (6) at 19.5D from the first
thermocouple to ensure fully developed thermal conditions. The
thermocouples are installed in groups of eight (varying their an-
gular position) at six axial positions.

An uncertainty analysis has been carried out for the thermohy-
draulic experiments, baring into account the uncertainty of mea-
surements and the number of experimental results to be averaged
out. The methodology is detailed in [11]. The obtained average
and maximum uncertainties, respectively, are of 3.4% and 4.9%
for the Reynolds number and 7.1% and 11.5% for the Nusselt
number.

RESULTS
Firstly, particle image velocimetry visualization technique has

been applied to obtain the isothermal flow pattern within the
two geometries under study, depicted in Fig. 1. The results for
Re = 440 are shown in Figure 4. For both sub-figures (a) and
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Figure 3: Experimental set-up. (1) Reservoir tank, (2) Pumping system, (3) Coriolis Flowmeter, (4) PT-100 Class B 1/10 DIN temperature
sensors, Inlet, (5) Baffles, (6) Wall thermocouples, (7) PT100, Outlet, (8) Pressure transducer, (9) Autotransformer, (10) PID Controller,
(11) Heat Exchanger, (12) Centrifugal Pump, (13) Three way valve, (14) Centrifugal Pump, (15) Reservoir tank, (16) Chiller.

(b), the arrangement is the same, the graph on the left side shows
the average flow field, while the other two show instantaneous
flow fields. As we can observe, in both geometries conditions
are not stationary, the flow changes in time and shows turbulent
nature characteristics, with temporary vortex formations. On the
one hand, for the aligned baffle geometry, the average flow field
shows a dominating jet which links consecutive baffle holes and
a recirculation on the other side. On the other hand, for the op-
posed geometry a strong jet is also observed downstream the baf-
fle whole, but dissipates at around the middle section of the inter-
baffle gap. Besides, for the opposed baffle arrangement, the fluid
path is longer, due to the required change of direction caused by
the misalignment.

Secondly, pressure drop test have been carried out for the de-
vice under study. The isothermal flow has been measured for
Reynolds numbers ranging from 10 to 1000 for the two geome-
tries under study. Fig. 5 shows the results for the aligned baffles’
arrangement in black and for the opposed one in blue and red.
For both cases, a significant change in the flow is detected: lam-
inar flow is observed for low Reynolds numbers and transitional
and turbulent regimes are also be identified (in accordance with
visualization results). For the aligned geometry, transition to tur-
bulence happens at about Re = 90, while it happens for lower
Reynolds numbers (Re = 50) for the misaligned geometry. For
both cases, the flow is fully turbulent for Re = 440 in accordance
with visualization results.

Finally, Fig. 6 shows Nusselt number results in uniform heat
flux conditions for both geometries in Re ∈ [50,1000]. While a
clear change in the Nusselt number trend is detected due to the
flow regime transition for the aligned geometry, the same is not
true for the misaligned one. A probable explanation for this, is

the implicit high fluid mixing in the misaligned geometry even
at low Reynolds numbers, due to the direction changes caused
by the holes’ misalignment. In fact, heat transfer rates are sig-
nificantly higher in laminar conditions for the opposed baffles’
arrangement than for the aligned one.

The errorbar in figures 5 and 6 represent the 95% confidence
interval for the represented results according to the uncertainty
analysis.

CONCLUSION
The work presents a full experimental study of the net flow in-

side a specific design of Oscillatory Baffle Reactor which consist
of a smooth pipe with inserted baffles, having each baffle three
holes. Experiments have been carried out for two different baffle
arrangements.

For the first one, the three holes are aligned between consecu-
tive baffles.For this case,

1. The flow pattern is dominated by a strong jet formation
which connects consecutive holes, and the recirculation pro-
duced by it in the surrounding areas.

2. Pressure drop results show that the flow regime changes
from laminar to turbulent at about Re = 50.

3. A change in the Nusselt number trend, with an increase in
the heat transfer rate, when the flow becomes of turbulent
nature.

For the second geometry under analysis, the three holes baf-
fles are placed in opposed positions for consecutive baffles. The
results in this case show that:

1. A strong jet is also formed downstream the baffles wholes,
but it dissipates at around the intermediate position between
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(a) Aligned baffle arrangement. Left: average flow pattern; center and rigth: instantaneous flow patterns.

(b) Opposed baffle arrangement. Left: average flow pattern; center and rigth: instantaneous flow patterns.

Figure 4: PIV velocity fields at Re = 440 for the geometries under study.

Figure 5: Net Fanning friction factor vs net Reynolds number for
both MH3 baffle types .

consecutive baffles, due to the required change of direction
caused by the misalignment of the baffles. In this arrange-
ment, recirculations are also observed.

2. Pressure drop results show that the flow regime changes
from laminar to turbulent at about Re = 90.

3. A change in the Nusselt number trend is not clearly observed

Figure 6: Nusselt number vs net Reynolds number for both MH3
baffle types .

with the flow regime transition, as heat transfer rates are al-
ready high in laminar conditions.
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ABSTRACT 
Surface modification is one of the approaches for boiling 

heat transfer enhancement in thermal-fluid systems such as air 
conditioning and refrigeration systems. Crenarchaeon 
Sulfolobus Solfataricus P2, a thermophilic archaeon with 
thermostable properties, demonstrates an autstanding 
performance in terms of boiling heat transfer, cooling and 
durability in severe environmental conditions. The proposed 
organic porous structure offers enhancement in the heat transfer 
performance by increasing the number of cavities and creating 
interconnected channels which ease the water transportation by 
capillary effect. Layer-by-Layer and the novel mixed coating 
methodologies were used to adhere the bio-coating to the 
substrate silicon surfaces. In this regard, Sulfolobus 
Solfataricus archaeon was coated on silicon surfaces by 
polycation layers formed of Poly-L-Lysine (PLL) and Poly-L-
Arginine (PLA). These polycations provide an intermediate 
positively charged adhesive layer which enables the adsorption 
of the archaeon to the silicon surface in a self-assembling 
process via electrostatic attraction. Flow boiling tests was 
performed with DI water in mini channels with similar 
dimensions to the industrial evaporators to simulate the real 
applications and evaluate the surface durability against fluid 
flow. Based on our analysis on bio-coated flow boiling loops, 
we observed an enhancement more than 20% in heat transfer at 
a given heat flux compared with the bare silicon substrate. 

INTRODUCTION 
Organic coatings have been considered as a non-toxic and 

environmentally friendly surface modification method for a 
variety of applications. In this regard, the archaea Sulfolobus 
Solfataricus P2 was used as a bio-coating to enhance energy 
efficiency in thermofluidic systems [1-2]. However, it should 
be made sure that bio-coating should be adequately adhered to 
the targeted surface to achieve and maintain the desired effects 
on the modified surfaces. One approach to overcome this issue 
is to use an adhesive layer between the surface and coating. A 
commonly used biopolymer for adhesion layer applications is 
the Poly-L-Lysine (PLL). As an adhesive layer, PLL exhibits 
good performance on various surfaces, such as metal oxides, 
polymers, and glass. The adhesive property of PLL originates 
from the electrostatic attraction between the positively charged 
amino groups on its polymer backbone and the negative charge 
of the targeted surfaces [3]. This adsorption mechanism is 
typical to polyelectrolytes, and the positively charged 

polyelectrolytes are named as polycations. Poly-L-Arginine 
(PLA) is another bio polycation with a similar chemical 
structure to PLL (Figure 1b). In addition to an amino group, 
arginine monomers have a positively charged guanidino group 
on its backbone, thereby resulting in a higher theoretical charge 
density compared to PLL. One very important phenomenon that 
occurs with the adsorption of these polycations to the 
negatively charged surface is the formation of a polycation 
monolayer. As the adsorption continues, the positively charged 
polycation monolayer first neutralizes and then 
overcompensates the negatively charged surface, causing the 
surface charge to shift from negative to positive [4]. This 
allows a negatively charged layer, like the Sulfolobus 
Solfataricus P2 bio-coating, to adsorb to the positively charged 
surface. The polycation adhesive layer acts like a bridge 
between the negatively charged surface and negatively charged 
bio-coating, as illustrated in Figure 1d. The parameters 
affecting the electrostatic interactions include the polycation 
concentration, salt concentration, pH, and surface type and 
charge [5,6]. In this study, the charge balance of the system was 
optimized on silicon surfaces to achieve the most durable bio-
coating of Sulfolobus Solfataricus P2 with two different coating 
methodologies: mixed coating and Layer-by-layer coating 
(LbL). Both coating methodologies were prepared by varying 
polycation and salt concentrations, and the samples were then 
exposed to fluid flow to test the durability of the bio-coating. 
Subsequently, they were characterized for their surface profile 
and topology using Surface Profilometer (SP) and Atomic 
Force Microscopy (AFM). The optimized samples were later 
tested in a closed loop flow boiling system for their heat 
transfer properties. 

FLOW BOILING SETUP 
The schematic view of closed fluid loop is shown in Figure 

2. DI water as working fluid was pumped from a liquid tank to
the flow loop by a brushless micropump which controlled the
flow rate.  Flow rate measurements was done by a precise flow
meter after the micropump to ensure the constant flow rate
along the set up. Constant temperature bath prior to the test
section was used to ensure the constant inlet temperature.
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Figure 1 Adhesion of the polycations and then the bio-
coating to metal oxide surfaces 

The flow visualization was done through a transparent 
channel on the test section. The fluid in the outlet of the test 
sections was condensed by a condenser and then fed into the 
liquid tank to complete the loop. K-type thermocouples with 
and pressure sensors were used to monitor the inlet and outlet 
temperatures and pressures of the test section. 

 

 
Figure 2 Schematic of the flow boiling setup 

Test Section 
The detailed structure of test section is shown in Figure 3. 

Two cartridge heaters were used to heat the channel from 
bottom. Applied heat flux was controlled by adjusting the value 
of voltage and current of a digital power supply. Teflon parts 
which were surrounded by the aluminium block was used to 
minimize the heat losses. A plexiglass was utilized on top of 
the channel to allow the flow visualization from the top. Four 
horizontally arrayed holes were formed in the aluminium block 
under the surface of the minichannel to measure the surface 
temperatures using T-type thermocouples and UNI-T UT325 
contact thermometers. Deepcool Z3 paste, a superconductive 
thermal paste, was used to attach the silicon bio coated surface 
to the aluminium block. 

  

 
Figure 3 Detailed structure of the test section 

TRENDS AND RESULTS 
Electrostatic attraction and diffusion mechanics are dictated 

by the complex force balance between the charged groups. 
Diffusion of the polycation coils is a time dependent process 
both before and after adsorption. In addition to electrostatic 
attraction, there are also entropic, Coulomb and Van der Waals 
forces controlling the conformation of the adsorbed polycation 
coils [7]. Sufficient time was given to the system so that both 
the diffusion process and conformational changes after 
adsorption reached equilibrium. 

 
Thickness and Roughness 

Figure 4 shows that both PLL and PLA samples with 0.1% 
polycation concentration exhibited homogenous and relatively 
smooth surfaces. At low concentrations, the polycation solution 
is dilute, and interactions between the coils are low. In this 
dilute region, polycation coils diffuse to the surface and adsorb 
in a flat conformation [8]. As the polycation concentration is 
increased, sample surfaces become rougher. This aggregation 
like behaviour is caused by the shift from the dilute polycation 
region to semi-dilute region with increasing polycation 
concentration. In this region, the mean distance between the 
polycation coils decreases so that interactions between the coils 
are increased. These interactions are not only limited to 
electrostatic repulsion of the coils, even for strongly charged 
polyelectrolytes, entanglement, and entropic considerations are 
relevant [9]. When the separation between the two 
polyelectrolyte segments is in the range of the chain length, 
entropic benefits can be favoured against the electrostatic 
repulsion. Additionally, when the chains are close enough, the 
attractive Van der Waals force becomes significant [10]. 
However, since the electrostatic repulsion force is stronger in 
PLA chains compared to PLL chains, the penalty to overcome 
this repulsion is also heavier. Consequently, PLA samples lead 
to rougher coatings in the same polycation concentrations when 
compared to PLL samples. Overall, it is observed that the 
polycation concentration is a dominant parameter in the coating 
roughness rather than the coating thickness. 

 
Heat Transfer Properties 
At the initial stages of boiling (at low wall superheats), tiny 
bubbles start to grow from surface impurities and cavities. Two 
substrates were prepared by mixed coating to be implemented 
in the boiling experiments. 
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Figure 4 A) Topology and roughness values of surfaces B) 
Average thickness values of samples prepared with varying 

mixing ratios and PLL concentration 
 
For both samples, a solution containing 0.25% (w/v) PLL 
solution and a biofilm solution (OD600 = 1.7) with a mixture 
ratio of 1:5 was prepared. One of the samples was prepared 
with no salt (named as PLL-N), and the other sample was 

prepared with 50mM NaCl (named as PLL-S). PLL-N provided 
an average thickness of 1.5 μm and an average surface 
roughness of 0.8μm and PLL-S provided an average thickness 
of 1.75 μm and an average surface roughness of 1.2μm. Larger 
and deeper cavities provided by PLL-S resulted in lower 
contact angle as these cavities tried to fill themselves with 
water. So, the boiling tests on roughened bio-coatings were 
carried out at lower heat fluxes (20 to 70 W/cm2). Results were 
compared with the uncoated silicon substrate and bare metal 
surfaces with comparable roughnesses to the coated samples as 
the reference. Bio-coated surfaces enhanced the boiling 
performance by reducing the wall superheat at a given surface 
heat flux. Figure 5 shows the obtained heat transfer coefficients 
at different wall heat fluxes. Increased surface roughness 
provides a higher number of cavities, meaning more active 
nucleation sites, thus resulting in more bubble nucleation. More 
bubble formation on the surface directly influences heat 
transfer performance through heat removal by latent heat. Both 
samples offer enhancements in the boiling heat transfer 
compared to the uncoated silicon surface. 

 

Figure 5 The effect of surface roughness on boiling heat 
transfer 

CONCLUSION 
Surface roughness and coating thickness were optimized 

by parameters such as polycation type, polycation and salt 
concentration, and mixture ratio. Polycation concentration and 
mixture ratio are two parameters that directly affect the 
electrostatic charge balance of the coating solution. Adding 
excess polycation coils or archaea to the solution breaks the 
balance, resulting in decreased adhesion. Both PLL and PLA 
samples show similar results, since both their underlying 
adhesion mechanisms follow the polyelectrolyte adsorption 
model. However, while the average thickness of PLL samples 
were 1.694μm with 80.1% of the initial coating being 
preserved, these values for the PLL samples dropped to 
1.577μm and 75.4%, respectively. It was observed that surface 
roughness strongly depends on coating thickness, polycation 
and salt concentration being the main parameters that influence 
roughness and thickness. The surface roughness provided by 
bio-coatings is an essential parameter in heat enhancement for 
both bubble formation and boiling phenomena. The outcome of 
the study provides the clue for optimum surface enhancement 
using biopolymer coated with naturally available harmless 
microorganisms. Based on our analysis, we observed an 
improvement of more than 20% in heat transfer coefficient at a 
given heat flux compared with the plain silicon substrate. 
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ABSTRACT 

We present several versions of equipment for cooling high-tech 
electronic devices. The equipment is for use in cooling detector 
technology in particle accelerators and also in laboratories for 
testing silicon particle detectors, photomultiplier equipment, and 
other equipment that requires low temperatures. Our design uses 
the principle of vortex tubes to allow optimized heat exchangers 
to make better use of the vortex effect. The cooling devices are 
suitable for applications with dissipated heat in the order of 1000 
W. Their significant benefits are unattended operation, easy
deployment and the absence of moving elements. This is
extremely advantageous, for example, in conditions of increased
radiation in inaccessible zones. Some devices of this type have
already proven their reliability by operating successfully at the
LHC accelerator at CERN. The paper contains experimental data
that document the progress made in developing these devices by
optimizing the heat transfer in their structures.
We focus on optimizing combinations of vortex tubes and
intermediate air heat exchangers. The heat transfer in the point-
of-use is significantly improved by the use of foam metals in cold
plate heat exchangers in contact with the cooled electronics and
by developing a concentric tube for the cold air input and output
from the body of the detector itself.

Keywords: Vortex Tube, Air Cooling, Low Temperatures, 
Electronics  

INTRODUCTION 

Our research group has been working for more than 30 
years on developing and applying cooling systems for detector 
technology in the field of elementary particle physics research. 
These activities include carrying out studies of the 
thermophysical properties of fluids, designing, constructing and 
testing various types of cooling equipment, optimizing the heat 
transfer for high-tech electronics, and developing adequate DAQ 
systems, including sensors that can be used for these special 
applications. 

Our paper will present examples of vortex-tube cooling 
applications around the two largest detectors of the LHC project 
(see Fig. 1) at CERN, i.e. the ATLAS (see Fig. 2) and CMS 
detectors. In both of these projects, we are a small part of a broad 
international cooperation network.  

Figure 1 The large hadron collider project map (adopted from
https://cds.cern.ch) 

Figure 2 Ilustration of the complexity of the ATLAS detector 
1. Muon Spectrometer, 2. Calorimeter, 3. Inner detector,

4. System of magnets
(adopted from https://cds.cern.ch) 

Our work originally focused on applications with 
temperatures on the surface of the detectors in the range of about 
-20 ºC to +10 ºC. The cooled components are located inside the
restricted space of particle detector cylindrical volumes about 2
m in diameter and 6 m in length. The temperatures in this space
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must be controlled to prevent the surface temperatures of the 
silicone detectors exceeding the given specification. At the same 
time, this volume should be thermally neutral to other detectors 
around them, e.g. the muon spectrometer and the calorimeter. 

In the last 20 years [1, 2, 3, 4], fluoroinert fluids have been 
used for cooling: ATLAS employs evaporative cooling with 
C3F8 (R-218) refrigerant, and CMS employs liquid cooling with 
C6F14 and an operating temperature of -10 °C up to cooling 
capacities of around 60 kW. The best refrigerants for such 
applications have perfect dielectric properties, and are radiation 
resistant and neutral to most materials. The properties of the 
refrigerants have to ensure that, even in the event of a small leak, 
there is no risk of total deterioration of the internal detector. The 
reason is that the detector is many times more expensive than the 
cooling system itself. This requirement can often result in use 
less than ideal thermophysical properties. 

Many traditional elements known from refrigeration 
technology cannot be applied due to the minimal available space 
for installation inside the detector, and due to issues with 
radiation, the strong magnetic field, and dielectrical and 
cleanliness requirements. Due to environmental restrictions, 
fluoroinerts will no longer be used for future types of innner 
detectors and cooling systems, and many future systems will use 
CO2 as a refrigerant. 

The main task of the ATLAS and CMS inner detectors is 
to capture particles formed after the collision of two proton 
beams in the center of the detectors. It turned out that, despite all 
the efforts, a certain number of particles formed a leak after the 
collision and they traveled in the beam pipe around the proton 
beam. To capture these particles, so-called front detectors were 
built around the two main detectors.  The front  detectors are 
placed around the main detectors at distances between 120 m and 
220 m. TOTEM Detectors (TOTal Elastic and diffractive cross 
section Measurement) [1] are located next to  the ATLAS and 
CMS detectors. A little later, small detectors referred to as AFP 
(Atlas Forward Physics) detectors [7] were built around the 
ATLAS experiment. The cooling solutions for these small 
additional detectors described below constitute  our development 
efforts over the last ten years. The focus has been on 
environment-friendly cooling methods that utilize air as a 
cooling gas. 

 
 
STUDIES AND IMPLEMENTATION FOR THE TOTEM 
AND AFP PROJECTS 
 
In the paper presented here, we will focus on these smaller 
cooling devices, where the required cooling capacities are 
usually up to approximately 1kW and the spectrum of required 
temperatures on the surfaces of the silicone detectors is within 
the range from -55°C to +5°C. We have developed and 
implemented the following three basic types of air cooling 
devices (for details, see [6]): 
 

1. The basic AIRCOOLER: The typical compressed air 
consumption is 230 Nl/min at 8 bara input pressure, 
while the cold air output provides 30 Nl/min at - 40°C. 
The unit is illustrated in Fig. 3. 

 

 

      

Figure 3 The basic AIRCOOLER model  

2. The powerful AIRCOOLER  - Equipped with an additional 
water-air heat exchanger and using tapped water at 16°C. The 
cold air flow in this arrangement reaches 52 Nl/min, with an 
average temperature of -50°C, and the total air consumption of 
the unit is around 450 Nl/min. 

3. The Split AIRCOOLER - the total air consumption spans from 
200 Nl/min at an input pressure of 6.5 bara to 250 Nl/min at 8.5 
bara. The overall temperature difference between the input 
compressed air and the cold output ranges from -40 to -58°C. 
The main VT is installed as close as possible to the cooled 
detector electronics, while the precooling stage with the plate 
heat exchanger is located further away, Fig.4. 

Figure 4 Arrangement of the Split AIRCOOLER  
 
The Split AIRCOOLER operates only with air. It is composed of 
a base box with a single precooling VT and a plate heat 
exchanger; the second (primary) VT is connected to the base box 
by a flexible hose serving as a tube-in-tube counterflow gas/gas 
heat exchanger. The space around the concentric tubes can be 
evacuated to reduce heat losses and to have the air-driven flow 
to the second VT as cold as possible. Fig. 5. shows an example 
of a Split AIRCOOLER that has been installed and has served 
successfully in the LHC tunnel since 2016 without any failures. 
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Figure 5 The Split AIRCOOLER device installed in the LHC 
tunnel to cool the ATLAS AFP detectors [7] 

 
EXAMPLES OF THE DEVELOPMENT PHASES OF 
AIRCOOLERS The usual complications in the development of 
the cold plate heat exchanger for a customized electronics board 
carrying silicon chips to be cooled down are the spatial 
constraints and the hermetic structure. This is because the 
electronic system is operated under vacuum inside a detector 
vessel (similar in shape to a Roman Pot - RP). 

 

-     
Figure 6  On the left, the stand for three RP type detectors. On 
the right, a photo of the electronics model located inside the 
evacuated RP 
 
The picture on the right in Fig.  6 shows a heat exchanger (an 
aluminum box with vertical silicon chips carrying plates), the 
purpose of which is to cool the detectors and the electronics to 
their required surface temperature of around - 15°C. 

 It is also necessary to minimize the thermal resistances of the 
contact surfaces while maximizing the temperature uniformity 
on all the surfaces. Since the cooling medium is air with a poor 
heat transfer coefficient, it is evident that we must achieve 
maximum use of the cooled air supplied to the exchanger from 
the AIRCOOLER, and we must optimize the efficiency of the 
system as much as possible. 

 
One can consider the constraints affecting heat transfer using 

the heat transfer equation: 
 

     (1) 

 
From eq. (1), it is obvious that the transferred heat depends 

on the heat transfer coefficient h [W/(m2·K)], the heat transfer 
contact surface A [m2] and the temperature difference (Tw – Tf) 
[K]. In order to keep the cold plate surface temperature Tw within 
the requirements for the AIRCOOLER outlet air temperature Tf  
and the performance envelope (air flow) for a large transferred 
heat flux, it is necessary to increase either the heat transfer 
coefficient, the surface area or the temperature difference. The 
heat transfer coefficient is small for gas flows (in comparison 
with liquids or two-phase flows), depending mainly on the air 
flow velocity, which is itself limited by the working pressure 
achievable at the AIRCOOLER output unit. Since the available 
air pressures are also imposed by the safety regulations for 
compressed air installations (usually 6-8 bars), it can be 
concluded that the surface area is the most important parameter 
to be optimized in order to achieve the desired performance in 
our applications. An enhanced inner surface of the cold plate 
exchangers was therefore investigated in several studies and 
configurations. 
 

We have presented studies of three types of cold plate heat 
exchangers tested with AIRCOOLER devices [5, 6] 
 

- A geometry with a partially-enhanced inner surface 
supplemented with thermally-conductive graphite foils 
to assist heat transfer from locally distributed sources, 
the positions of which do not allow direct contact with 
the cooled surface of the exchanger; 

- A geometry with an inner surface extended by 
machining intricate geometries specific to the AFP 
ATLAS project. 

- A geometry with the application of metal foams, 
effectively expanding the inner surface of the heat 
exchanger and allowing  simple manufacture by 
inserting a metal foam piece instead of using intricate 
machining, or thin fins, or labyrinths. 

 
SELECTING THE PROPER SOLUTION FOR THE HEAT 
EXCHANGER 

 

Increasing the inner surface of machined aluminum or copper 
HEX has its limits. The internal passages can be only as small as 
the machining tool, and machining intricate geometries can be 
very expensive. Skiving can produce thin fins in aluminum or 
copper, but skiving machines are very specific instruments and 
are very rarely available. Tedious simulations and optimizations 
of the machined geometries might be needed, as it has proven 
difficult to achieve a uniform temperature profile along the heat 
exchanger due to the uneven thermal load from the components 
and the uneven flow distribution of the air in the internal 
passages. 

For all these reasons, we turned our attention to exchangers 
filled with metal foams in order to achieve better performance 
and a simpler design. The foams allow a significant increase in 
the internal surface and air flow turbulence for the heat transfer, 
and simplify the manufacturing processes. Both of these 
considerations are important in the applications of interest: ( )fw TTAhQ -= ..
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particulary for new types of HEXs based on cooling through gas 
flow at higher levels of heat dissipation. 

The porosity of t he foams must be selected to achieve an 
optimal balance between the pressure drop and the surface area. 
Copper and aluminum foams are relatively easily obtainable at a 
reasonable cost, since they are widely used as catalysts in 
chemical reactors, as electrodes and as structural materials.  

 

 
 

Figure 7 Metal foams used in the tested heat exchangers 
 

Table 1 Metal foam parameters 
Porosity* ε 0.93  

Characteristic pore width dp 2.20 mm 
Tortuosity χ 1.32  

RUC+ diameter d 2.62 mm 
Specific surface area A/V0 0.62 mm-1 
Foam surface area A 12.65 mm2 

 * cell volume fraction 
+ RUC = representative unit cell 

 

𝐴 = 𝑉!
3
𝑑 (3 − 𝜒)(𝜒 − 1) 

 
(2) 

𝜒 = 2 + 2𝑐𝑜𝑠 0
4𝜋
3 +

1
3 𝑐𝑜𝑠

"#(2𝜀 − 1)4 
 

(3) 

𝑑 = 𝑑$
2

3 − 𝜒 

 
(4) 

We used an open cell copper foam with 91 % porosity and an 
aluminum foam with 93 % porosity (see Fig. 7). The parameters 
of the foam are listed in Table 1. The foam surface was calculated 
using equation (2) with the characteristic width dp and porosity ε 
as inputs. More information about the use of foam in our heat 
exchanger can be found in [10]. The foams were cut into small 
pieces and were installed inside an aluminum heat exchanger 
case, Fig 8. Initially we used (Wire) electrical discharge 
machining to cut the foam, but later we found that an ordinary 
non-specialist hand-held rotary tool with a thin cutting disc can 
be used. 

 

 
Figure 8 Heat exchanger with aluminum and cooper foam 

 
We investigated two options for foam implementations 

inside the machined heat exchanger body to provide good heat 
transfer conditions between the foam and the body of the heat 
exchanger: 
• Cutting the foam slightly larger than the inside cavity and 

compressing (deforming) it with the lid during the 
assembly of  the heat exchanger when hermetically  sealing 
the box. 

• Cutting the foam to the exact size of the cavity and glueing 
the foam inside the heat exchanger by coating the cavity 
walls with aluminum-filled epoxy. 

These foam installation methods had a negligible effect on 
the pressure drop with respect to the impedance of the foam 
itself. The aluminum foam exhibited the highest pressure drop 
despite its slightly higher porosity.  

 

 
Figure 9 Comparison of the performance of heat cold-plate 

exchangers for different structures. The average body 
surface temperature is shown.  

 (Max throttle refers to a run with the AIRCOOLER driven by 
the max. available air pressure centrally supplied) 

 
The overall thermal performance of the cold-plate heat 

exchangers is shown in Fig. 9; measured with cold air flow 
around 37 Nl/min. The temperature of the heat exchanger body 
was measured by four Pt1000 sensors attached to the outside 
surface, while two other sensors measured the temperature of the 
inlet and outlet air. One additional sensor was placed on top of 
the heater, which was mounted on the outside surface of the heat 
exchanger box on the opposite side of the lid.  
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Figure 10 Temperature on the surface of the heater at 

different dissipations 
The average temperature on the external surface of the heat 

exchanger at given power dissipations is plotted in Figure 10. 
Three different structures are compared: machined fins and two 
different metal foams. Both foams were glues with thermally 
conductive glue inside the cold-plate heat exchanger case. 

 
ONGOING DEVELOPMENT 
 

 Because the TOTEM and AFP RP pressure vessel in Fig. 11 is a 
relatively robust design, the massive flanges cool from the feed-
throughs that are used for the passage of cooling air to the particle 
detectors inside the vessel, thus worsening the cooling 
performance.  
 

 
 
Figure 11 Detail of the connection of the Roman Pot and the 
interconnecting tube 

 
  This problem was substantially reduced by transferring the 

second powerful primary vortex tube to a bushing directly on the 
feed trough of the flange, and by installing a counter current air/air 
exchanger interconncting tube (cross section shown in Fig. 12). 
This tube uses the still sufficiently cold air stream coming from the 
RP internal cold plate to further subcool the supply air for the 
primary vortex tube.  This so-called “split” design thus provides 
two stages of precooling. The first stage is performed by the 
precooling vortex tube inside the AIRCOOLER box, while the 
second stage  makes use of the heat exchange in the 
interconnecting tube. 

 

 
 

Figure 12 Scheme of the interconnecting tube assembly 
 
Work in this area is continuing, and the optimal solution for 

a perfectly insulated flange passage is being sought. This 
improvement will be significant for the new designs of the 
AIRCOOLER, which we are preparing for the new forward 
detectors, should be prepared after 2023 as part of the upgrade 
of the main ATLAS and CMS detectors. 

Another example of ongoing development was in response to 
a requirement submitted by AIRCOOLER users. The task was to 
implement a regulation system that would allow the temperature 
setpoint to be changed faster and with better control than with 
the manual pressure regulator [7]. 

We developed a control strategy that regulates the inlet 
pressure of the precooling vortex tube via a current-pressure 
convertor and a dome-loaded pressure regulator. Aggressive 
regulation of the precooling pressure with subsequent easing off 
enables faster temperature changes at the outlet of the  
AIRCOOLER. Fig. 13 demonstrates this strategy, and a 
temperature change from -15°C to -30°C is carried out. The 
dashed line shows the temperature change when the precooling 
pressure is changed manually by a predetermined amount. The 
dot-and-dash line shows a faster change when the precooling 
pressure is regulated aggressively by the regulator (solid line). 

 

 
Figure 13 The control strategy for the precooling stage that was 
developed to allow the temperaturue setpoint to be reached 
faster. 

 
Another area for future development involves metal 3D 

printers that use powerful lasers to melt powdered metals and can 
create intricate shapes. Using such printers for the cold-plate heat 
exchanger would allow the creation of labyrinths and thin fins 
with large surface areas and high turbulence for good and 
uniform heat transfer. The cost would most likely be greater  than 
the metal foam structure, but in some cases it could be justified 
by other advantages. 
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CONCLUSION 
 
 Our proposed solution meets the environmental 

requirements currently imposed on the equipment of cooling 
systems for detector technology in the field of elementary 
particle physics research in the conditions of the LHC 
accelerator. It has therefore succeeded in replacing the 
fluoroinert refrigerants hitherto used for these applications. 

In our short paper, we briefly described the problems we 
solved when cooling  smaller types of detectors in LHC premises 
with an emphasis on forward detectors around the ATLAS and 
CMS project. 

We tried to describe the problems we encountered during the 
implementation of air sytem cooling using the principle of a 
vortex tube. More experimental results can be found in 
publications mapping the development stages of AIRCOOLERS 
since 2015 [5, 6, 8, 9].  Several problems that we had to solve 
were addresed here. Such as a low HTC of air, increasing the 
area of the exchangers, control system, etc. The measures which 
would provide better heat transfer from the cooling air to the 
surface of the detectors and electronics has been outlined. 
Another problem arising when cold air is passing through 
massive flanges was described and its solution of the  
temperature decrase in interconnecting lines was suggested.  

An unquestionable proof of the functionality of our designed 
and implementation of cooling AFP detectors using 
AIRCOOLERS is more than 4 years of continuous and trouble-
free operation of our installations in the demanding conditions of 
the LHC tunnel space (Fig. 5). The cooling equipment must 
operate reliably in areas with a strong magnetic field, increased 
radiation and no access to these areas during the operation of the 
accelerator is possible. 

The next modifications to the further proposed 
AIRCOOLERS, will aim at increasing their efficiency. It reflects 
a view to the expected main upgrades around LHC after 2024 for 
these applications.  

Our next steps will will focus on improving heat transfer in 
newly designed cooling devices for high-tech electronic 
equipments. 

 
LIST OF ABREVIATION AND THEIR EXPLANATION 
 

For those unfamiliar with the terms in detector particle 
physics we present  a list of abbreviations used in our text 
 
LHC - The Large Hadron Collider (LHC) is the world’s largest 
and most powerful particle accelerator. The LHC consists of a 
27-kilometre ring of superconducting magnets with a number of 
accelerating structures to boost the energy of the particles along 
the way. The whole structure is located about 100 m below the 
earth's surface. There are 4 main detectors on its path and we 
mention two main detectors, namely ATLAS and CMS detectors 
 
ATLAS - is one of two general-purpose LHC detectors and it 
investigates a wide range of physics, from the search for the 

Higgs boson to extra dimensions and particles that could make 
up dark matter.  
 
CMS - LHC detector that has a broad physics programme and 
although it has the same scientific goals as ATLAS it uses 
different technical solutions and a different magnet-system 
design. 
 
TOTEM (TOTal Elastic and diffractive cross section 
Measurement) and AFP (Atlas Forward Physics) LHC 
detectors. These smaller detectors located around the CMS and 
ATLAS detector at distances between 120 m and 220 m and are 
designed to capture particles that have left or escaped the 
ATLAS and CMS detectors and are moving along the proton 
beam in the LHC accelerator. We have developed cooling 
systems for these detectors, and our paper mainly describes in 
more detail the results of a successful solution for small AFP 
detectors. 
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ABSTRACT 
In this paper, a non-isothermal waxy oil flow in a pipeline 

with the transition of a Newtonian fluid to a non-Newtonian fluid 

is investigated. Waxy oil viscosity and yield stress are highly 

dependent on temperature. During the hot pumping of waxy oil 

through pipelines, a non-isothermal flow occurs due to heat 

transfer to the environment. This leads to a decrease in flow 

temperature, an increase in viscosity, the appearance of yield 

stress, the crystallization of wax, and the deposition of solid 

particles on the pipeline inner wall. The deposition of oil solid 

particles reduces a pipeline flow area, leads to the appearance of 

the stagnant zone with thermal insulation in the near-wall area. 

Oil structure changes – a Newtonian property at low 

temperatures transits to a non-Newtonian state. The one-

dimensional modeling of a non-isothermal waxy oil flow in the 

pipeline by the traditional averaging of temperature and velocity 

over the pipeline cross-section does not allow explaining a 

physics phenomenon. Therefore, in this work, a two-dimensional 

flow model and the heat transfer of waxy oil is constructed. The 

calculated data show the transition of a Newtonian fluid to a non-

Newtonian fluid due to the heat exchange of waxy oil with the 

environment. The obtained results form the basis for modeling 

anomalous fluid flows with heat and mass transfer and a phase 

transition. The content of the paper will be useful for a wide 

range of researchers involved in the field of hydrodynamics and 

heat and mass transfer. 

INTRODUCTION 
High-viscosity and high-pour-point oils from the Zhetybai, 

Uzen, and Kumkol oil fields occupy a significant share in the 

volume of main oil pipeline transportation in Kazakhstan. 

Serious difficulties at waxy oil pumping are associated with 

the significant dependence of viscosity and yield stress on 

temperature. With decreasing in temperature, oil may solidify in 

the pipeline, leading to complete pumping stop and significant 

costs for its resumption [1-4]. 

Waxy oil at high temperatures obeys the laws of a Newtonian 

fluid, decreasing temperature leads to the appearance of a 

viscoplastic property of a non-Newtonian fluid [5, 6]. 

In the non-isothermal oil pipeline, temperature changes due 

to the heat exchange of an oil flow with the environment lead to 

the transition of a Newtonian fluid to a non-Newtonian fluid. 

NOMENCLATURE 
r [m] Radial coordinate 

z [m] Axial coordinate 

R1 [m] Pipeline inner radius 

D1 [m] Pipeline inner diameter

D2 [m] Pipeline outer diameter
Di [m] Outer diameters of insulation layers

L [m] Pipeline length 

H [m] Pipeline laying depth
T [°C] Oil temperature 

T0 [°C] Inlet oil temperature 

Tl [°C] Initial temperature value of wax formation 
Ts [°C] Final temperature value of wax formation  

U0 [m/s] Inlet velocity 

u [m/s] Longitudinal velocity 
v [m/s] Transverse velocity 

p [Pa] Pressure 

ε [-] Wax content in oil composition 
ρ [kg/m3] Oil density 

ρ0 [kg/m3] Oil density at the inlet 

ρ20 [kg/m3] Oil density at a temperature of 20°C 

µ [Pa∙s] Oil effective molecular viscosity 

µp [Pa∙s] Oil dynamic viscosity 

τ0 [Pa] Oil yield stress 
 [1/s] Shear rate 

Sij [1/s] Strain rate tensor 

Cp [J/(kg∙°C)] Oil apparent heat capacity coefficient 
I [J/kg] Specific enthalpy of a wax phase transition 

ζ [1/°C] Oil volumetric expansion coefficient 

k [W/(m2∙°C)] Heat transfer coefficient from oil to the environment 
α1 [W/(m2∙°C)] Internal heat transfer coefficient 

α2 [W/(m2∙°C)]] External heat transfer coefficient 

λ [W/(m∙°C)] Oil thermal conductivity coefficient 
λi [W/(m∙°C)] Thermal conductivity coefficients of metal and 

insulation coating layers 
λw [W/(m∙°C)] Soil thermal conductivity  

Subscripts 
Re Dimensionless Reynolds number 

Pr Dimensionless Prandtl number 

Pe Dimensionless Peclet number  

LITERATURE REVIEW 
The characteristic feature of waxy oils from the fields of 

Kazakhstan are highly viscous due to the content of asphaltenes 

and resins, increased yield stress [7, 8]. Waxy oil can have high-

pour-point, fluidity loss temperature, in the range from 12 to 

30°C, depending on the amount of the wax content in its 

composition [9, 10]. During the cold period (late autumn, winter, 

and early spring) of oil pipeline operation, the oil temperature in 
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the pipeline may differ significantly from the environment 

temperature. The heat exchange of oil with the environment 

leads to a decrease in temperature, an increase in viscosity, and 

the appearance of yield stress. This is largely manifested in the 

near-wall area and leads to the appearance of the stagnant zone 

and the decrease of the pipeline working section [11]. 

As a result, oil pumping through the pipeline with the large 

diameter turns into pumping through the pipeline with the 

smaller diameter due to the appearance of the stagnant zone. 

Increasing average flow velocity due to the stagnant zone does 

not allow waxy oil to cool down and the hydraulic resistance of 

this pipeline cross-section becomes less than it should be 

according to the classical theory [11].  

The one-dimensional modeling of pipeline operation modes 

by the traditional averaging of temperature and velocity over the 

pipeline cross-section does not make it possible to explain the 

appearance of the stagnant zone [12]. 

As can be seen from the review, the above-mentioned facts 

show the complexity of a non-isothermal waxy oil flow in the 

pipeline. 

RHEOLOGICAL AND PHYSICOCHEMICAL 
PROPERTIES 

In a viscoplastic state of waxy oil, the effective molecular 

viscosity µ can be described by the Bingham fluid model [5]: 
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The Bingham-Shvedov model for the stationary flow of the 

viscoplastic medium in the pipeline can be obtained using (1) in 

the form of [12]: 
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A decrease in temperature can cause the crystallization of 

wax and the heat release of the phase transition. The total amount 

of latent heat can be determined by the apparent heat capacity 

method [13, 14]. According to this method, the apparent heat 

capacity of waxy oil in the crystallization zone is determined by 

the formula: 
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The following values were taken in the calculations: I  = 9.8 

J/kg,   = 0.15, lT  = 32°C, and sT  = 12°C. 

The experimental data on oil heat capacity are described by 

the Crego formula [7]: 

  20( ) 53357 107.2 /lC T T    ,   (4) 

Substituting ( )lC T  [J/(kg∙°C)] into the integral (3), it is not 

difficult to find the apparent heat capacity of oil in the 

crystallization zone of wax. 

Oil thermal conductivity and density dependences on 

temperature are expressed by the standard formulas [7]: 

  205.057 1 0.00054 /T        (5) 

 20( ) 1 20T T            (6) 

where   = 0.000738 [1/°C]. 

For waxy oils, dynamic viscosity and yield stress 

dependences on temperature are important. The empirical 

dependences of dynamic viscosity and yield stress are obtained 

by processing the experimental data using the regression model 

[10]: 

 ( ) 0.3585 exp 0.1792p T T         (7) 

 0 ( ) 589.56 exp 0.567T T         (8) 

As can be seen from Figure 1, dynamic viscosity and yield 

stress dependences starting from a temperature value of 20°C 

increase sharply. Moreover, the value of yield stress up to a 

temperature of 20°C is zero, i.e. a non-Newtonian state of oil 

occurs at a temperature of 20°C. 

 
Figure 1 Dynamic viscosity and yield stress dependences 

on temperature. 

For a fully developed laminar flow, the length of the 

hydrodynamic entry region may be obtained from an expression 

of the form [15]: 

10.05 Rehl D         (9) 

For a thermally fully developed laminar flow, the length of 

the thermal entry region may be expressed as [15]: 

10.05 Re Prtl D         (10) 

PROBLEM STATEMENT 
The flow is considered in the laminar mode. We assume that 

conductive heat transfer along the pipeline radius is much greater 

than its value along the pipeline length due to heat exchange with 

the environment. Therefore, convective heat transfer along the 

pipeline length can be neglected. Then the momentum, 

continuity, and energy equations of the two-dimensional model 

[16] in the stationary mode can be written, taking into account 

(2) and (3), in the form of: 
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The pressure gradient is found from the mass flow 

conservation condition [16]: 

1
2

0 0 1
0

/ 2
R

urdr U R       (14) 

Velocity and temperature components are assumed to be 

constant at the pipeline inlet: 

at 
0 00 : , 0,z u U v T T        (15) 

For the velocity, a symmetry boundary condition is set on the 

pipeline axis and a no-slip boundary condition is set on the 

pipeline wall: 

at 0, 0z r  : 0
u

r





; 1 :r R  0u v    (16) 

For the temperature, a symmetry boundary condition is set on 

the pipeline axis and a heat transfer boundary condition with the 

environment is set on the pipeline wall: 

at 0, 0z r  : 0
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The value of the heat transfer coefficient k is determined by 

the standard formula [7]: 
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In the laminar flow mode, the internal heat transfer 

coefficient 1  is equal to [7]: 

1

1

3.65
D


         (19) 

The external heat transfer coefficient 2  is determined by the 

Forchheimer-Vlasov formula [7]: 
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The system of equations (11)-(14) at the boundary conditions 

(15)-(20) is solved by the numerical method [16]. The 

computational domain is divided into elementary cells with the 

sides 
iz  and 

jr . The difference analogues of the momentum 

(11) and energy (13) equations are found using the Crank-

Nicolson method, and the difference analogue of the continuity 

(12) equation is found using a two-layer scheme of second order 

accuracy. The pressure gradient is determined by the splitting 

method from the mass flow conservation condition (14). 

RESULTS AND DISCUSSION 
Waxy oil flowing at a velocity of U0 = 0.05 m/s enters the L 

= 45 m long pipeline with an inner diameter of D1 = 0.04 m at a 

temperature of T0 = 25°C. The average surrounding soil 

temperature of the pipeline is Tw = 0°C. The pipeline laying depth 

is H = 2 m. Waxy oil density at the inlet is ρ0 = 835 kg/m3. 

At the pipeline inlet, velocity and temperature profiles are 

considered constant and equal to initial values. As oil flows 

through the pipeline, heat exchange with the environment 

occurs, so temperature and flow velocity will change both over 

the pipeline cross-section and along the pipeline length. 

Figures 2-5 show the distributions of longitudinal velocity, 

temperature, dynamic viscosity, and yield stress in the pipeline. 

Figure 2 shows the transformation of the inlet profile of 

longitudinal velocity, on the wall the velocity value is zero and 

monotonically increases and reaches its maximum value on the 

axis. As oil flows along the pipeline length, longitudinal velocity 

values in the axial zone increase, and in the wall zone, on the 

contrary, decrease. 

 
Figure 2 Longitudinal velocity distribution in the pipeline. 

 
Figure 3 Temperature distribution in the pipeline. 

 
Figure 4 Dynamic viscosity distribution in the pipeline. 

 
Figure 5 Yield stress distribution in the pipeline. 

This is explained by the fact that, firstly, the mass flow rate 

over the pipeline cross-section is maintained and, secondly, due 

to a decrease in temperature in the near-wall area (see Figure 3), 

the values of the dynamic viscosity coefficient increase (see 

Figure 4). In addition, at a temperature value of 20°C, yield stress 
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occurs in the wall zone (see Figure 5), which also leads to a 

deceleration of oil flow velocity. 

The distribution of temperature (see Figure 3) illustrates the 

large length of the initial section, where inlet temperature T0 = 

25°C is constant. This is confirmed by the value of the Peclet 

number equal to Pe = 17262, since the length of the initial section 

of the temperature profile is determined by the Peclet number 

[16]. 

The Reynolds and Prandtl dimensionless numbers at the inlet 

are Re = 411 and Pr = 42, respectively. The lengths of the 

hydrodynamic and thermal entry regions are lh ≈ 0.822 m and  

lt ≈ 34.524 m, respectively. 

Heat exchange on the wall reduces temperature in the near-

wall area, leads to the appearance of yield stress and a non-

Newtonian state at a temperature of 20°C. A decrease in 

temperature grows along the length and leads to an increase in 

the thickness of dynamic viscosity zone and yield stress (see 

Figure 4 and 5). 

The distributions of temperature, dynamic viscosity, and 

yield stress along the pipeline length show that over the pipeline 

cross-section in the temperature range T > 20°C, waxy oil has a 

Newtonian fluid property, while in the temperature range T < 

20°C it has a non-Newtonian fluid property.  

This property of a non-isothermal waxy oil flow is caused by 

the heat exchange of hot oil in the pipeline with the cold soil, i.e. 

waxy oil with a Newtonian property at the pipeline inlet is 

gradually transformed into a non-Newtonian state as a result of 

heat exchange between bodies with different temperatures in 

accordance with the second law of thermodynamics [16]. 

CONCLUSION 
The rheological properties (viscosity and yield stress) and 

thermophysical properties (density, thermal conductivity, and 

heat capacity) of waxy oil are taken from the Kumkol oil field, 

located in Kazakhstan, and generalized in the form of the 

empirical formulas using the regression model. 

The non-isothermal waxy oil flow is hydrodynamically and 

thermally fully developed. 

The calculation results of a non-isothermal flow in the 

pipeline show a change in the state of waxy oil. A Newtonian 

property in the initial section gradually transits into a non-

Newtonian state due to the heat exchange of oil with the 

environment. 

The distributions of velocity, temperature, dynamic 

viscosity, and yield stress have established the patterns of a non-

isothermal waxy oil flow and revealed the stagnant zone in the 

near-wall area of the pipeline. 
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ABSTRACT 
The mathematically-known triply periodic minimal surfaces 

(TPMS) are characterized by the complexity of their structures 

which can generate high turbulence flow even when the 

approaching flow is laminar. The use of TPMS topologies in the 

design of spacers was previously studied experimentally. The 

current paper is the first work that assesses the performance of 

TPMS spacer-filled direct contact membrane distillation 

(DCMD) channels using computational fluid dynamics (CFD)

tools. Efficient utilization of CFD modelling is expected to aid

in reducing the number of expensive experimental trials and

providing simulation-based designs. The current paper aims to

compare the experimental results with CFD simulation results

and provide further explanation on the reasons behind the

superior performance of selected TPMS-based spacers. A 3D

CFD model was developed in Star CCM+ software to predict the

performance of two TPMS architectures, namely: Fischer-Koch

and Primitive, with uniform porosity distributions. The model

setup couples fluid flow and energy equations to instantaneously

solve for pressure drop, velocity, temperature distribution, rate

of heat transfer, and ultimately, the permeate flux. Results

depicts the promising heat and mass transfer performance of the

Fischer-Koch TPMS spacer, with around 40% flux enhancement

relative to the empty channel case.

INTRODUCTION 

Limited fresh water resources coupled with increasing water 

demand have resulted in a severe global water crisis [1]. As a 

result, clean water availability and sanitation became a part of 

the United Nations General Assembly’s 17 sustainable 

development goals by 2030 [2]. Therefore, there is a pressing 

need for alternative water resources for desalination and 

wastewater treatment [3]. Seawater can be utilized as a source of 

fresh water production through desalination. Membrane 

Distillation (MD) is an emerging desalination technology 

operated at low temperature and pressure and results in high 

rejection of non-volatile solutes [4]. Hence, it can be considered 

as a both a cost effective and efficient alternative. Nevertheless, 

the process is not yet able to replace conventional desalination 

processes due to its low permeate flux, in addition to wetting and 

fouling issues that are often encountered [4], [5]. Spacers are 

added to MD channels to enhance mixing, decrease fouling and 

enhance permeate flux. Advancements in additive 

manufacturing (AM) techniques have also aided in spacer design 

[6], [7]. The flexibility not present in conventional fabrication 

methods can be utilized for unique and effective spacer designs 

[8]. However, AM is considered costly, hence CFD can be 

exploited as a screening tool prior to AM. CFD is a valuable tool 

that can be utilized to study the true transfer characteristics in 

MD, and is more appropriate than traditional correlations [9]. 

Additionally, they allow for flow field visualization (for 

velocity, pressure, temperature and concentration) at any point 

in the flow channel, thus can be used to analyze key MD 

processes design parameters [10]. Spacer geometry, orientation 

and arrangement can be optimized though CFD [11], [12]. The 

performance of various spacer designs or operating conditions 

can be analyzed in a time and cost-effective manner using CFD. 

TPMS topologies were used in the design of novel spacers in 

MD [6]–[8], [13], [14]. The first study was published in 2018. In 

this study the performance of TPMS spacers were assessed in 

DCMD and benchmarked against the commercial spacer and the 

empty channel cases. Five TPMS topologies were included in the 

study, namely: Gyroid, Fisher Koch, Primitive, CLP and tCLP. 

Figure 1 shows a schematic representation of the TPMS 

topologies that were used. Compared with the commercial 

spacer, tCLP spacer had the best performance as it improved 

water flux and the overall film heat transfer coefficient by more 

than 60% and 63%, respectively [7]. 

Figure 1 Volume element of TPMS spacers [7] 

With respect to the CFD studies on spacer-filled MD 

channels, the previous publications focused on two topics; 

optimization of commercial spacer design and enhancement of 

the modelling approach. In terms of configurations, DCMD was 

studied the most which is likely due to its simplicity. Regarding 

the computational domain, many studies relied on 2D modelling 

[15]–[17] although 3D modelling is more suitable in estimating 

liquid mixing and velocity distribution in such applications [18]. 

The reason behind that is the high computational cost of 3D 

numerical simulation for flow problems compared to 2D 

simulations [19]. With respect to the flow regime, the term 

"turbulence promoters" is used to describe spacers, but it is not 

yet confirmed if the system will really operate under turbulent 
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conditions [16]. Lou et al. stated that the critical Reynolds 

number (Rec) of a spacer-filled channel lies between 70 and 500, 

based on the geometry of the spacer [16]. Several spacer filled-

MD studies used laminar flow [16], [20]. Shakaib et al. [21] and 

Ciofalo et al. [22] performed a comparative study on the effect 

of using different turbulence models on the flux values. Both 

studies concluded that the results obtained using k-ω SST model 

had the best agreement with the experimental values [21], [22].  

The performance of TPMS-based spacers was assessed 

experimentally in a previous work by Thomas et al. [7]. The 

current work aims to justify the enhanced performance of the 

Fischer-Koch spacer compared to the empty channel case using 

CFD. The novelty of this work lies in the utilization of CFD tools 

in modelling complex spacer geometries, such as TPMS, in 

DCMD channels. CFD modelling enables visualization of local 

heat and mass transfer in the spacer-filled channels and helps in 

reducing the number of expensive experimental trials and 

provides simulation-based designs. 

 

NOMENCLATURE 

Rec [-] Critical Reynolds number 

Km [W/mK] Thermal conductivity 
CFD [-] Computational Fluid Dynamics 

TPMS [-] Triply periodic minimal surfaces 

DCMD [-] Direct Contact Membrane Distillation 
D [-] Dimensions  

T [C] Temperature 

J [kg/m2.s] Permeate flux 
q [W/m2] Heat flux 

P [kPa] Pressure  

x, y [m] Cartesian axis direction  
h [W/m2.K] Heat transfer coefficient  

V [m/s] Velocity 

hfg [J/kg] Latent heat of evaporation 
Special characters 

 [Pa] Wall shear stress 
β kg/m2.s.Pa Permeability coefficient 
δ mm thickness  

Subscripts 
p  Permeate  

f  Feed 

avg  Average 
m  membrane 

THEORITICAL MODEL 

Typically, DCMD consists of three domains, a 

hydrophobic membrane that is placed in direct contact with two 

fluid channels that are the hot feed and the cold permeate [23]. 

Figure 2 illustrates DCMD. Water evaporates at the 

membrane/feed interface then vapor transports along the pores 

until eventually condenses at the membrane/permeate interface. 

Vapor flux (J) is calculated by the following equation [23], [24]: 

 

J = Bm (Pvap
m,f  − Pvap

m,p) (1) 

 

where Bm, Pvap
m,f  and Pvap

m,p correspond to the permeability 

coefficient of the membrane, the vapor pressure on the feed and 

permeate interfaces, respectively.  

The saturation pressure of pure water is estimated by Antoine 

equation as in [25]: 

 

Pvap = exp ((23.1964 – 3816.44)/(T – 46.13))   (2) 

 

 

Figure 2 Schematic on the basic principle behind membrane 

distillation 

Heat transfer occurs in three steps in DCMD: 1) heat 

transfer through the feed boundary layer by convection (qBL,f), 2) 

heat transfer through the membrane (qm) is composed of latent 

heat of vaporization (qvap) and conduction (qcond), and 3) heat 

transfer through the permeate boundary by convection (qBL,p).  

 

qBL,f = hf (Tf − Tm,f ) (3) 

 

qBL,p = hp (Tm,p − Tp)  (4) 

  

qm = qvap + qcond (5) 

 

qvap = J .hfg (6) 

 

qcond = km/δm .(Tm,f - Tm,p ) (7) 

  

where Tf and Tp refer to the temperature of the bulk feed 

and permeate, Tm,f and Tm,p represent the temperatures at the 

feed/membrane interface and that at the membrane/permeate 

interface, hf and hp refer to the heat transfer coefficients in the 

feed and permeate boundary layers, hfg represents the latent heat 

of evaporation, km and δm correspond to the membrane's thermal 

conductivity and thickness, respectively [23], [24]. 

In DCMD, the global film heat transfer coefficient (hfilm) 

can be calculated based on heat transfer coefficients of feed and 

permeate boundary layers [24], as follows: 

1/ hfilm = 1/hf + 1/hp (8) 

CFD MODEL 

A three-dimensional, steady state CFD model was 

developed using Star-CCM+ 16.06.010 commercial software 

[26] for a flat sheet DCMD module. The membrane used is PTFE 

supported by PP, as reported by [7]. Feed and permeate inlets 

were set as velocity inlets with defined temperatures. The outlets 

of both channels were set as pressure outlets. External walls of 

the three domains as well as the spacer walls were defined with 
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insulated and no-slip conditions. Membrane interfaces were 

defined as a contact interface with conjugated heat transfer. 

TPMS pacer geometries were generated using MsLattice 

software [27], as solid networks with a voidage of 86% and 80% 

for Primitive and Fischer-Koch spacers, respectively.   

Laminar flow was used for the empty channel case and 

k-ω SST model was used for the spacer-filled channel case.

The convergence was determined when the residual RMS error

values fell below 10-5 and when the permeate flux value (J)

stabilized. The empty channel DCMD model was previously

validated by Yazgan-Birgi et al.  [24]. Similar to the

methodology adopted [24], the continuity, momentum and

energy conservation equations were linked to the permeate flux

(J) using the source terms of mass, momentum and energy.

Inputs to the model are tabulated in Table 1. Spacers had the

same dimensions as the flow channels and they were added to

both channels, as in the experimental work by Thomas et al. [7].

Table 1 Model Inputs [7] 

Property Value 

Channel length (mm) 92 

Channel width (mm) 46 

Channel depth (mm) 2.3 

Membrane thickness (mm) 0.160 

Active membrane area (mm2) 3,400 

Inlet feed temperature (°C) 75 

Inlet permeate temperature (°C) 40 

Inlet velocity (m/s) 0.17 

Permeability coefficient (kg/m2.s.Pa) 3.412 x 10-7 

Effective membrane thermal conductivity 

(W/m-K) 
0.0337 

Density (kg/m3) 984.3 

DESCRITIZATION 

For the empty channel case, directed meshing was used 

whereas for the spacer-filled channel, polyhedral and prismatic 

meshes were used. In all cases, mesh refinement was conducted 

near the walls and boundary layers at both sides of the 

membrane. The obtained structured mesh for the empty channel 

case had 0.65 million cells. In the spacer-filled channel cases, 

discretization was carried out by utilizing the High-Performance 

Computing (HPC) cluster at Khalifa University (KU) using 4 

nodes, each with 52 cores, for 3 hours. The unstructured mesh for 

the spacer-filled channel cases had 46 and 24 million cells for 

the Fischer-Koch and the Primitive spacer-filled channels cases, 

respectively. The quality of the mesh obtained was verified via 

mesh independence analysis, and the structure of the mesh, from 

the top view for the different cases, is presented in Figure 3.  

Figure 3 Structure of the mesh from the top view 

EXPERIMENTAL VERSUS NUMERICAL RESULTS 

The mass transfer performance of empty channel, 

Fischer-Koch and Primitive spacers had the same trend in the 

current modelling work and in the previous experimental work 

[7].  The flux of the empty channel case, had a value of 0.005833 

kg/m2.sec. Adding the TPMS spacer improved the flux. For the 

Primitive TPMS spacer, the flux was 0.007544 kg/m2.sec 

whereas a higher flux of 0.008202 kg/m2.sec was achieved for 

the Fischer-Koch TPMS spacer. Further, the modelling results 

justified the enhanced performance of Fischer-Koch in terms of 

fluid flow and heat transfer but it under predicted the 

experimental flux values by more than 40%. Figure 7 illustrates 

the comparison between experimental and CFD (shaded regions) 

values.  

The deviation between experimental and numerical 

modelling can be attributed to two reasons. First, the presence of 

spacers, having the same thickness as the flow channels, reduced 

the surface area of the membrane because of the intersections 

between the spacer walls and the membrane. These intersections 

were defined as adiabatic walls in the model, hence, completely 

preventing heat and mass transfer. However, in the experimental 

work [7], there was no assurance that the spacer was fixed at a 

certain position. Hence, the spacer might not have intersected or 

blocked parts of the membrane.  In DCMD, if there is a small 

space between membrane and spacer, higher velocities will be 

encountered and higher flux will be achieved. Second, the 

membrane was treated as a solid surface in the model with 

impermeable interfaces. The mass transfer was expressed based 

on mass transfer coefficient as in equation (1). The latter is very 

different from the experimental work where a real membrane 

with its unique tortuous paths that allow the passage of the fluid 

exist. In this case, even if the spacer blocked certain parts of the 

membrane, the fluid can still bypass these parts through other 

tortuous paths in the membrane. Further work is currently 

conducted by our research group to address these issues and a 

new set of experimental data will be generated.     
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Figure 4 Flux obtained experimentally vs CFD (shaded) values 

TRENDS AND RESULTS  

The velocity contour maps of empty channel, Fischer-

Koch spacers and Primitive spacers in the x-z plane are depicted 

in Figure 5. The velocity contour map of the empty channel 

confirms that fully developed flow was achieved away from the 

inlets and outlets. The effect of the pre-defined boundary 

conditions is also clear as zero velocities are achieved near the 

channel and membrane walls. The velocity tends to increase 

towards the center of the flow channels, achieving parabolic 

profile, as expected in the flow in empty channels. The effect of 

gravity is more pronounced towards the outlet of the flow 

channel as indicated by the velocity vectors. The velocity 

contour maps of the spacer-filled channels consist of many 

repeated units that correspond to the spacer units. The velocity 

contour map of the Fischer-Koch spacers shows that even when 

the velocity at the inlet of the channel was defined as 0.17 m/s, 

higher velocities up to 0.39 m/s were are achieved throughout 

the flow channel. This can be attributed to the effect of mixing 

and vortex formation. Although not displayed here, the same 

pattern is observed in the midway of the velocity contour map 

for the permeate channel. The velocity contour map of the 

primitive spacer illustrates that with the same inlet velocity as 

the previous cases, the velocity within the feed channel drops 

down to a value less than 0.1 m/s. 

 

Figure 5 Velocity contour maps captured at the X-Z plane 

The temperature contour maps of empty channel, Fischer-

Koch spacers and Primitive spacers in the x-z plane are displayed 

in Figure 6.For the empty channel case, it is clear that the thermal 

boundary layer is continuous along the MD module. Thus, 

displaying a higher variation between the transmembrane 

temperatures and the bulk fluid temperatures in the both 

channels.  The temperature contour plot of the Fischer-Koch 

spacers shows that almost uniform temperatures exist in each 

fluid channel where the thermal boundary layers have almost 

vanished. Similarly, for the primitive spacer case, the 

continuation of the thermal boundary layer was disturbed. 

Performance enhancement in the presence of TPMS spacers can 

also be explained through Temperature Polarization Coefficient 

(TPC). TPC is the ratio between the differences in 

transmembrane temperature to the bulk fluid temperature. 

Ideally, TPC should be 1. As the value of TPC approaches unity, 

the difference between the bulk temperature and the interface 

temperature drops which translates to a higher permeate flux. 

TPC values were 0.8398, 0.6198 and 0.4467 for Fischer-Koch, 

Primitive and empty channel cases, respectively. In terms of 

TPC, Fischer-Koch spacers were the best followed by Primitive 

spacers which outperformed the empty channel case. Further, the 

effective heat transfer coefficients had values of 2332 W/m.K, 

967 W/m.K & 1192 W/m.K in Fischer-Koch case, Primitive case 

and empty channel case. 

 

 

Figure 6 Temperature contour maps captured at the X-Z plane 

Figure 7 depicts the wall shear stress at the 

feed/membrane interface. In all cases, high shear stress was 

observed at the inlet of the feed channel. In addition, for spacer-

filled channel cases, high shear stress points occur repetitively in 

a symmetric manner along the feed/membrane interface. 
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Figure 7 Shear contour maps captured at the feed/membrane 

interface 

CONCLUSION  

In this work, the performance of two TPMS-based spacers, 
namely: Fischer-Koch and primitive, were assessed in a DCMD 
module using CFD, for the first time. The performance of the 
spacer-filled channel was compared to an empty channel case. 
Promising results were obtained using the Fischer-Koch spacer, 
with around 40% flux enhancement relative to the empty channel 
case. The enhancement in flux can be attributed to the high 
localized velocity zones that were created by Fischer-Koch which 
promoted mixing and alleviated temperature polarization. Thus, 
resulting in a TPC value of 0.8398.  
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ABSTRACT 
According to the COP26 conference, the main goal of the 

European Union is to limit both the pollutant emissions to 

become climate neutral in 2050 and the global warming, by 
setting to +1.5 °C the upper threshold for the ambient 

temperature increase. In this regard, sectors of heating and 

cooling in buildings must be decarbonized. This aspect can be 

faced by limiting the direct and indirect global warming 

contributions, through the use of environmentally friendly 

refrigerants, high-performance components and the employment 

of renewable sources. In this context, solar-assisted heat pumps 

(SAHPs) can be considered as interesting alternatives to 

conventional systems, in order to reach all the European targets 

in terms of reduction of the yearly energy consumption. This 

work proposes a numerical model of an indirect expansion solar 
assisted ground multi-sources (air, sun, ground) heat pump for 

residential heating. To cope with the mismatch between the solar 

availability and the thermal energy demand and to take full 

advantage of the solar radiation, a storage tank on the source side 

has been considered. A control strategy between different 

operating modes has been established in order to maximize the 

system coefficient of performance (COP), and dynamic 

simulations in Naples climate conditions have been performed. 

An optimization of several design parameters of the machine 

such as solar collector surface, storage tank volume and heat 

transfer surfaces of heat exchangers has been carried out, to 

maximize the seasonal performance (SCOP) of the system and 
minimise the investment costs. Although the adoption of a solar 

side and a geothermal heat exchanger (GHE) led to higher SCOP 

values, results show that more convenient solutions in term of 

total costs are the ones of a traditional heat pump for short 

lifetime periods, and the ones with solar loop and heat pump 

working in parallel for higher lifetime periods. 

INTRODUCTION 
Due to global warming, to limit the ambient temperature increase 

up to +1.5°C [1], energy intensive sectors of heating and cooling 

must be decarbonized, since they represent almost the 28% of 
the global CO2 emissions. In this regard, COP26 [2] conference 

has encouraged the investment on renewable energies, to 

eliminate net global CO2 emissions by 2050. This is also the 

reason why heat pumps will have more and more development 

in future years, as promising alternatives to traditional systems, 

especially for space heating. In this scenario, coupling solar 

source and heat pumps can lead to a further energy consumption 

reduction of these machines. Solar assisted heat pumps (SAHPs) 

concept dates back to 1970 [3] and nowadays many different 
configurations are analysed in literature. According to Chu et al. 

[3] SAHPs for heating purposes can be categorized into direct

and indirect expansion systems, depending on the presence of a

secondary fluid. In the latter case, the employment of a storage

tank is preferable to limit the solar radiation fluctuations during

the day [4], making possible a decoupling between energy

request and demand. Indirect expansion systems can in turn be

divided in series, parallel and dual source. As regards the series

configuration, the collected solar energy in the storage tank is

directly transferred to the heat pump evaporator, whereas in

parallel configuration evaporation occurs through air and both
the heat pump and the solar loops contribute in parallel to the

user load. Dual source configuration is a hybrid between series

and parallel systems, with two different evaporators and the

possibility to operate in both operating modes.

Several works in literature analyze the effect of system

configuration on the machine performance. Freeman et al. [5]

carried out a comparative study of SAHPs for space heating and

hot water production. The authors obtained that a series

configuration leads to higher heat pump performances due to

higher evaporating temperatures, but freezing in the storage tank

can occur especially for colder climate conditions. On the other

hand, parallel configuration is characterized by a slightly better
free energy ratio, but by a lower solar collector efficiency due to

the higher temperatures of the solar loop. Similar considerations

were obtained from the results of Yang et al. [6], showing that a

parallel configuration has the simplest pipe connection, the

highest seasonal performance factors and the most stable

operation, whereas dual-source configuration has much lower

cost than the series, and similar performance of the parallel.

Other works of Nasouri et al. [7] and Starke et al. [8] carried out

an optimization with a Pareto front of several decision variables

such as storage tank volume, solar collector surface, compressor

displacement and rotational speed, surfaces, and materials of
heat exchangers. Effect of storage tank size has been also

analysed by Belmonte et al. [9], with the employment of a PCM

material. Finally, according to Lazzarin [10], present

developments of SAHPs lead to multi-sources systems with solar

assisted ground heat pumps (SAGHPs), combining the

utilization of both solar and ground energies. In this way the heat
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pump can operate in alternate mode with the ground loop 

working during evening and rainy days, and solar loop during 

daytime, with the possibility of recharging the ground in periods 

of low or no heating demand. 
The main target of this work is to carry out a thermo-economic 

optimization with a Pareto front of a SAGHP operating in 

heating mode for domestic applications. Seasonal annual 

performance and investment costs of the system have been 

chosen as objective functions of the optimization, whereas 

decisional variables are several design parameters of the entire 

system. To the best of the authors knowledge, no other works 

carry out such kind of optimization for these systems, 

considering the seasonal performance as an objective function 

and simulating the behaviour of the system along a whole year. 

The optimization has been carried out through the development 
of a physics-based model. 

 

MODEL 
The analyzed system consists of a heat pump for domestic 

heating and can be divided in three main parts: heat pump, solar 

and ground loops. The heat pump loop consists of a compressor, 

an expansion valve, two plate heat exchangers and one fin-and-

tube evaporator. The solar loop is composed of a solar panel and 

a storage tank, whereas the ground loop is equipped with a 

geothermal heat exchanger (GHE). In both cases, water has been 

employed as heat transfer fluid. Additional components (valves, 

pumps) were considered to guarantee the correct circulation of 
water to the user and into other parts of the systems. A 

representation of the scheme plant is provided in Figure 1. 

 

Figure 1 Scheme plant and main components of the system 

analysed 

Sub-models for each component of the analyzed system were 

developed in MATLAB, with the use of Refprop 9.1 for the 

evaluation of the thermodynamic properties.  

The user load has been evaluated according to Commission 

Regulation (EU) 2016/2281, and it has been averaged every 120 

hours to consider the effect of the building inertia. To satisfy the 

user load, both supply temperature and mass flow rate of the user 

loop have been fixed.  

Regarding the heat pump loop, the mass flow rate (and the 

corresponding compressor displacement) has been evaluated 

from an energy balance with the user side, whereas the 

compressor global efficiency has been evaluated by considering 

the same approach used in Pelella et al. [11] [12] and Navarro 

[13]. It is assumed a thermostatic valve well designed able to 

elaborate the compressor mass flow rate. Heat exchangers, both 
air-type and water-type, have been studied with a 2-zone model 

approach (evaporating and superheating for evaporators, de-

superheating and condensing for the condenser). For each zone, 

uniform heat transfer coefficients for water and refrigerant have 

been considered, and a logarithmic mean temperature difference 

(LMTD) [14] method has been applied. 

Regarding the solar loop, solar collectors have been modelled 

through the definition of solar panel efficiency, with the same 

approach used by Lazzarin [10]. On the other side, the storage 

tank has been modelled with a 1-D finite volume approach, with 

an Eulerian explicit method, integrating the temperature field of 
the tank for a certain number of nodes. 

Finally, as regards the ground loop, a simplified approach has 

been adopted with an infinite surface horizontal GHE in such a 

way that the outlet water temperature is equal to the ground 

temperature at a certain depth, evaluated depending on the 

external conditions of temperature and solar radiation with the 

model of Krarti et al. [15]. The effect on the ground temperature 

from the interaction with the heat exchanger has been neglected 

in this analysis. Finally, all the sub-models have been put 

together to simulate the entire behavior of the system, evaluating 

through energy balances thermal and electric powers, and system 

coefficient of performance (COP).  
The machine can operate in different operating modes, with 

several control strategies to maximize the system performance. 

For instance, evaporation can occur alternatively through water 

or air depending on COP values for each operating mode, 

whereas water flowing in the plate evaporator can be heated by 

the sun or the ground loops, depending on which one provides a 

higher outlet temperature. Furthermore, the storage tank is 

heated by solar panels only if the outlet water temperature from 

the panels is higher than the temperature of the first node of the 

tank, up to a certain fixed maximum temperature level, when the 

solar loop is turned off. Finally, if the temperature in the storage 
tank rises over the supply temperature required by the user, water 

flows directly from the tank to the user without the use of the 

heat pump.   

CASE STUDY AND OPTIMIZATION VARIABLES 
For the considered case study, a rated thermal power of 10 kW 

at an external temperature of 2°C has been considered. Fixed 

values for water supply temperature and mass flow rate of the 

user side have been considered, respectively of 35°C and 0.3 

kg/s. For the heat pump, same water mass flow rate has been 

considered both for the condenser and for the evaporator, equal 

to the user side, whereas the air mass flow rate of the fin-and-

tube evaporator has been fixed to 2000 m3/h. The refrigerant 
employed in the heat pump is propane. Regarding the solar loop, 

a solar collector efficiency law has been fixed (𝜂𝑜 = 0.82   a1 =
3.46 W/m2K   𝑎2 = 0.0153   W/m2K2), for a fixed mass flow 

rate of 0.1 kg/s. Finally, regarding the ground loop, a horizontal 

heat exchanger at a depth of 2 meters has been considered. 

For the optimization procedure, the following decisional 

variables with relative range intervals are chosen: 
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• Solar collector area of 0, 5, 10, 15, 20 m2 

• Storage tank volume of 0, 50, 100, 300 and 500 l 

• Presence or absence of a GHE 

• Plate evaporator heat transfer surface of 0, 0.25, 0.50, 

0.75 m2 

• Plate condenser heat transfer surface of 0.29, 0.59, 0.88, 

1.01 m2 

• Fin-and-tube evaporator external heat transfer surface 

of 0, 9.89, 19.77, 39.54 m2 

Globally, 1776 simulations were carried out, considering climate 

conditions typical of the city of Naples. Both solar panel surface 

and storage tank volume values have been fixed according to 

typical commercial sizes of residential applications. Values of 

heat exchangers surfaces instead have been fixed considering the 

maximum value for each of them corresponding to an infinite 
surface heat exchanger (pinch point of almost zero). Therefore, 

the other values are chosen considering an equally spaced 

interval between a minimum and maximum. Furthermore, heat 

exchanger surfaces are varied not to significantly affect the heat 

transfer coefficients, respecting constraint refrigerant mass flux 

values between 50 and 1000 kg/m2s. 

Decisional variables were chosen to simulate all the possible 

combinations of operating modes of the system. As a matter of 

fact, if solar collector area or storage tank volume is zero, only 

the heat pump operates (through air or ground), if plate 

evaporator surface is zero the system operates with solar and heat 
pump loops in parallel configuration. Finally, if the fin-and-tube 

evaporator surface is zero, solar and heat pump loops operate in 

series configuration. All other configurations analyze a generic 

dual source heat pump with the presence/absence of a GHE. 

Objective functions of the optimization are the seasonal 

coefficient of performance (SCOP) and investment costs. SCOP 

is evaluated as a ratio of the total thermal energy requested by 

the user and the electric energy consumed for the heat pump and 

auxiliary systems (pumps, fans etc.). Investment costs have been 

evaluated considering costs for the heat pump components, solar 

collectors, storage tank, circulating pumps and ground heat 
exchanger, if any, depending on the configuration studied. 

 

DYNAMIC SIMULATIONS 
Dynamic simulations were carried out to evaluate the seasonal 

performances of the machine in a certain configuration, 

considering a simulation period of 1 year and a time-step of 1 

hour (the time-step for tank integration was instead fixed to 30 

s). A heating season between October and April was considered. 

Solar radiation, external air and ground temperature values for 

Naples are reported in Figure 2. The ground temperatures are 

shifted and attenuated compared with external conditions of 

temperature and solar radiation. 
 

 

Figure 2 External conditions of solar radiation, ambient and 

ground temperatures, for Naples climate conditions 

Heat pump behavior in term of capacity and performance 

depends on these external conditions and on the actual user load. 

Figure 3 represents temperature-specific entropy (T-s) diagrams 

for the heat pump, operating with water or air-evaporation, for 

condenser water temperatures of 30-35°C (𝑇𝑖𝑛−𝑜𝑢𝑡,𝑤,𝑐𝑜) and 

evaporator water (𝑇𝑖𝑛,𝑤,𝑒𝑣) and air (𝑇𝑖𝑛,𝑎𝑖𝑟,𝑒𝑣) temperatures of 

5°C.  

 

Figure 3 Temperature-specific entropy diagrams for the heat 

pump, for fixed boundary conditions and in case of water 

evaporation (left) and air evaporation (right) 

For instance, for the considered configuration of heat exchanger 

geometries and for the same temperatures of water from the tank 

and external air, it would be more convenient for the heat pump 

to operate with a water evaporation due to a COP higher value.  

Figure 4 represents COP evolution along the year in case of an 

evaporation occurring only through air (only heat pump or 
parallel configuration without GHE, Figure 4(a)) and in case of 

evaporation occurring alternatively through air/sun/ground 

(multi-sources configurations, Figure 4(b)). For the only-air 

configuration, heat transfer surfaces of fin-and-tube evaporator 

and plate condenser are respectively 19.77 and 0.59 m2, whereas 

for the multi-sources mode solar panels with 20m2 surface, a 

storage tank of 300 l and a plate evaporator heat transfer surface 

of 0.50 m2 have been added. In the second case, the functioning 
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of the machine is switched every hour to the mode which gives 

the highest performance. For the only-air mode, COP values vary 

between 3.5 and 7, with a SCOP of 4.62. In case of multiple 

sources, heat pump evaporation occurs in the GHE in case of 
very low external temperatures, through air in case of higher 

external temperatures and low solar radiation, and through sun 

in case of higher solar radiation values. In this case COP values 

oscillate between 4.5 and 8.5, with a SCOP of 4.98 (almost 10% 

higher). 

 

Figure 4 Evolution of heat pump COP along the year. (a) 

Evaporation occurring only through air in the fin-and-tube 

evaporator in case of only-heat pump or parallel configurations 

without GHE. (b) Evaporation occurring alternatively through 

air/water(sun)/water(ground), in case of multi-sources 

configurations. 

Finally, Figure 5 shows values for tank temperatures in each 

discretization node along the year are shown, in case of an 

operating solar loop. The storage tank volume allows almost 

regular charging-discharging cycles every day. Average tank 

temperature oscillates between 10 and 20 °C in colder months, 

with peaks up to 40°C in the warmer periods. The temperature 

peak occurring before October derives from a control strategy 

for which the storage tank is charged right before the heating 

season, to maximize the solar source usage. 

 

Figure 5 Temperature for each of the discretization nodes of 

the storage tank 

 

ECONOMIC ANALYSIS 
Cost functions for each component are taken from several 

references in literature and reported in Table 1. For the GHE, an 

extra investment cost of 1500€ has been considered, including 
both purchase and installation costs estimated through Zhou et 

al. [16] work data. Electricity cost has been considered equal to 

0.23 €/kWh for Italy, according to data from 

https://ec.europa.eu/ . Investment costs for valves (except for the 

expansion valve), pipes, and electronic devices for control 

strategies implementation have been neglected. 

Table 1 Cost function employed in this paper, for each of the 

system components 

Component Reference Component Reference 

Compressor Botticella et 

al. [17] 

Solar Panel Ferreira et al. 

[18] 

Expansion 

Valve 

Sanaye et al. 

[19] 

GHE (fixed 

+ 

installation) 

+1500€ (data 

from Zhou et 

al. [16])  

Tank Ferreira et 
al. [18] 

Energy 

specific cost 

0.23 €/kWh 
(Naples, Italy) 

Fin and 

tube  

Botticella et 

al.  [17] 

Plate heat 

exchangers 

Sanaye et al.  

[19] 

Circulating 

Pumps 

Sanaye et al. 

[19] 

Therefore, Figure 6 shows values of investment costs and SCOP 

for each of the analysed combinations, identifying the Pareto 

front. Red and blue points are related to the combination 

respectively in series and parallel, without the employment of the 

GHE. Grey and green points are instead related respectively to 

other configurations without a GHE and to all configurations 

with GHE. Points belonging to the Pareto front are finally 

represented in light blue. 

 

Figure 6 Investment costs vs. SCOP for all the analysed 

combinations, with relative Pareto front. 

In detail, results show that Pareto front points coincide with only 

heat-pump combinations, without solar and ground loops, and 

with parallel configurations in which heat pump and solar loop 

works independently. As a matter of fact, although the presence 

of a water evaporator leads to higher values for evaporating 

temperatures and therefore higher values of COP for the heat 
pump, a parallel configuration means that several operating 
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hours of user load are directly covered by the storage tank, so the 

heat pump can be turned off in those hours. In general, it seems 

that few combinations with the employment of a GHE belong to 

the Pareto front for the climatic condition of Naples. However, 
performance could be higher with a GHE if the ground loop is 

considered always in parallel with the solar loop, configurations 

which have not been considered in this paper (same components 

but different pipe connections). In Figure 6, all the points to the 

extreme left-side are instead related to all series configurations, 

for which the heat pump can bring to a too high cooling of the 

tank, with a high risk of water freezing. To eventually guarantee 

the feasibility of such combinations, a backup electric heater 

must be employed, with performance heavily penalized and 

solutions which become far from the optimum ones. 

Finally, values of total costs, sum of investment and operating 
costs for several configurations are shown in Figure 7, for a 10, 

20 and 30 years lifetime of the machine. Particularly, the optimal 

solution with minimum total cost is shown in red (solution 1), 

whereas the others are feasible combinations of the extreme 

values for each of the decisional variable intervals considered in 

this paper. Decision variables values assumed by each 

combination are reported in Table 2, whereas corresponding total 

cost and SCOP values are reported in Table 3. For a 10 and 20 

years lifetime it seems that the cheapest solution is the one with 

a traditional air heat pump, with the maximum value of the 

condenser surface, and an intermediate value of the fin-and-tube 

evaporator surface (solution 1*). Instead, for a 30 years lifetime, 
a solution with a parallel configuration, with the maximum value 

of solar collector surface and minimum value of storage volume 

seems to be more convenient (solution 1**). However, for the 

same lifetime period, also the configuration with a GHE and 

without any solar loop (solution 3) seems to be convenient due 

to slightly higher total costs than the optimal solution. It should 

be pointed out that, for simplicity purposes, fixed cost functions 

for every component were considered in this paper. Real costs 

may vary significantly depending on the installation country and 

local region. Therefore, the real convenience of each solution 

should undergo a detailed cost analysis. 

 

Figure 7 Total costs for the optimal solution (1, with red edges) 

and for other feasible combinations, corresponding to the 

extreme values for each of the decisional variable intervals, for 

10 (blue), 20 (green) and 30 (yellow) years lifetime of the 

machine 

 

 

 

 

Table 2 Values assumed by the decisional variables for the 

solution of Figure 7 
 

𝑨𝒑𝒂𝒏 

[𝒎𝟐] 

𝑽𝒕𝒂𝒏𝒌 

[𝒎𝟑] 

𝑨𝒆𝒗 

[𝒎𝟐] 

𝑨𝒄𝒐 

[𝒎𝟐] 

𝑨𝒃𝒂 

[𝒎𝟐] 

Geo 

1* 0 0 0 1.01 19.8 No 

1** 20 0.05 0 1.01 19.8 No 

2 0 0 0 1.01 39.5 No 

3 0 0 0.75 1.01 39.5 Yes 

4 0 0 0 0.29 39.5 No 

5 20 0.5 0 1.01 39.5 No 

6 20 0.5 0.75 1.01 0 Yes 

7 0 0 0.75 0.29 39.5 Yes 

8 20 0.5 0 0.29 39.5 No 

9 20 0.5 0.75 0.29 0 Yes 

10 20 0.5 0.75 1.01 39.5 No 

11 20 0.5 0.75 1.01 39.5 Yes 

12 20 0.5 0.75 0.29 39.5 No 

13 20 0.5 0.75 0.29 39.5 Yes 

14 20 0.5 0.75 0.29 0 No 

15 20 0.5 0.75 1.01 0 No 

1* →Optimal solution in case of 10 and 20 years lifetime 

1** → Optimal solution in case of 30 years lifetime 

 

Table 3 Values of Total Cost and SCOP for the solution of 

Table 2 

 Total Cost [k€]  

Lifetime 10 years 20 years 30 years SCOP 

1* 12.1 18.0 22.0 4.82 

1** 13.1 18.2 21.3 5.57 

2 12.7 18.5 22.1 4.94 

3 14.0 19.2 22.5 5.38 

4 14.0 20.7 24.8 4.22 

5 14.4 19.3 22.4 5.70 

6 14.9 20.1 23.3 5.48 

7 15.1 21.3 25.0 4.60 

8 15.4 21.2 24.8 4.87 

9 16.0 22.0 25.7 4.70 

10 16.1 21.8 25.3 4.98 

11 16.7 21.8 25.0 5.50 

12 17.4 24.1 28.2 4.24 

13 17.8 23.8 27.5 4.71 

14 33.3 50.8 61.6 1.62 

15 33.6 51.1 61.8 1.62 

1* →Optimal solution in case of 10 and 20 years lifetime 
1** → Optimal solution in case of 30 years lifetime 

 

CONCLUSION AND FUTURE PERSPECTIVES 
This work deals with the development of a physics-based model 

of a solar assisted ground heat pump (SAGHP) for residential 
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heating, equipped with a storage tank. An optimization of several 

design variables such as solar collector area, storage tank 

volume, heat transfer surfaces for evaporators and the condenser, 

and the presence of a geothermal heat exchanger has been carried 
out. Principal conclusions are here reported: 

• A total of 1776 combinations have been simulated 

considering different configurations of the system, 

including series, parallel and multi-sources. For each 

combination the system has been dynamically 

simulated along an entire year, and values for the 

seasonal coefficient of performance (SCOP) and total 

costs have been evaluated. 

• Investment costs are evaluated through cost functions 

from the literature for heat exchangers, compressor, 

expansion valve, solar collectors, storage tank, 
circulating pumps. Fixed costs for pipes, electronic 

devices for system control and other valves have been 

neglected. 

• From the Pareto optimization, the most convenient 

solutions are the ones related to an only-heat pump 

configuration and for a solar loop in parallel with the 

heat pump. Series systems seem not to be feasible for 

tank water freezing issue. Furthermore, systems with a 

GHE are not convenient. However, configurations of a 

dual source (ground/air) heat pump always in parallel 

with a solar loop, which would guarantee higher 
performances, were not considered in this paper. 

• In terms of total costs, for a 10 and 20 years lifetime, 

the minimum cost is obtained for an only heat pump 

configuration. For a 30 years lifetime instead, the 

minimum total cost is obtained for a parallel 

configuration without a GHE, followed by a dual-

source (ground/air) configuration without solar source. 

It should be noted that these results are obtained for fixed cost 

functions for both installation and purchase, which can strongly 

vary depending on the specific location. Therefore, in future 

works, our purpose is to carry out a detailed cost analysis, to 

evaluate the effective convenience for each configuration.  
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ABSTRACT 
The heat transfer characteristics of shell side of spiral 

wound heat exchanger have an important influence on its 

performance. The boiling heat transfer characteristic model of 

two-phase flow in the shell side of liquefied natural gas (LNG) 

wound tube heat exchanger is established. Based on the volume 

of fluid (VOF) model, the surface tension model and mass 

transfer model are added, the flow pressure drop and heat 

transfer process of spiral wound heat exchanger under compact 

design conditions are analyzed. The results show that when the 

vapor quality at highest point (x = 0.9), the pressure losses are 

1590 Pa/m larger than lowest quality (x = 0.3) under 40 kg/s·m2 

mass flux in liquefaction section but become larger with 

increased mass flux to as much as 9161 Pa/m at 100 kg/s·m2. 

The results show that the heat transfer coefficient was increased 

with the increase of mass flux in each section. In addition, in 

the precooling section, when the mass flux is 100 kg/m2·s, the 

maximum heat transfer coefficient is obtained under the vapor 

quality 0.3. In the liquefaction section, the maximum heat 

transfer coefficient is occurred at the vapor quality 0.5. Due to 

the influence of the tube structure, the refrigerant will be split 

when flowing downward. 

NOMENCLATURE 
Aflow [mm2] Flow area 

D [mm] Width 

d [mm] Tube diameter 

E [J] Energy 
Fσ [N] Surface tension force 

G [kg/m2·s] Mass flux 

g [m/s2] Gravity 

hLH [J/kg] Latent heat 

L [mm] Tube length 
Ρ [MPa] Presssure 

Pa [mm] Tube pitch 

Pd [mm] Thickness bar 
q [W/m2] Heat flux 

T [K] Temperature 
υ [m/s] Velocity 

x [-] Vapor quality 

ρ [kg/m3] Density 
κ [-] Curvature 

Γe [-] Source term of the energy equation 
β [-] Volume fraction 

Subscripts 

g Gas 

l Liquid 
sat Saturation temperature 

INTRODUCTION 
Spiral wounded heat exchanger shows obvious advantages 

(e.g. wider temperature range, compact structural design, etc.) 

compared with traditional heat exchanger for cryogenic flow 

due to the special properties of natural gas near the phase 

change point. Basics of the cross-tube banks flow heat transfer 

play key role in the transport efficiency in large scale systems. 

Though it is generally considered suitable for a wide range of 

applications including natural gas engineering and has become 

a very hot topic, real system efficiency is still a problem owing 

to the challenges in heat transfer and pressure drop researches.   

The heat transfer state of the fluid on the shell side is forced 

convection heat transfer of longitudinal sweeping tube bundles 

because the spiral wound heat exchanger is composed of a large 

number of tube bundles. Thonon et al. [1] studied the 

experiment of propane and isopentane sweeping the tube 

bundle upward by changing the evaporation pressure, the 

convective heat transfer efficiency increases with the decrease 

of evaporation pressure. Gupte et al. [2] proposed that heat 

transfer coefficient gradually decreases from top to bottom 

through heating the horizontal tube bundle. 

Previous experiments have designed various spiral wound 

heat exchanger models with different structures. Neeraas et al. 

[3-4] designed and built the test bench of liquefied natural gas 

(LNG) spiral wound heat exchanger and proposed a heat 

transfer correlation suitable for the shell side. Moawed [5] 

analysed the change law of the heat transfer coefficient on the 

shell side by changing the structure of the wound tube heat 

exchanger. Jian et al. [6] built an experimental device which 

can study the condensation mechanism of water vapour. Ding 

et al. [7] proposed the flow pattern distribution and conversion 

characteristics of mixed alkanes, and established the heat 

transfer correlation based on the flow pattern experiment.  

In the field of numerical simulation, Andberg et al. [8] first 

calculated the continuous flow in the horizontal pipe based on 

the dynamic theoretical model, and obtained the thickness of 
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the condensate film. Li et al. [9] proposed that the spiral wound 

structures have a significant impact on the heat transfer 

coefficient when the physical model have different tube pitch 

and thickness bar. Ren et al. [10-11] proposed the numerical 

model of superheated steam flow under rolling condition and 

showed that forced convection is the main boiling mechanism 

of shell side saturated boiling heat transfer. Yu et al. [12] 

conducted a numerical study on the heat transfer characteristics 

of two-phase flow by the medium of propane. Abolmaali et al. 

[13] established 20 wound tube heat exchanger models with 

different geometric parameters, and proposed that the length of 

heat inlet when local Nu changes is about 80 tube bundles.  

 This study simulates this situation through the uniform gas-

liquid phase inlet conditions. By establishing the heat transfer 

model suitable for the two-phase flow working medium in the 

wound tube heat exchanger, this paper studies the influence of 

important parameters such as vapor quality, heat flow density 

and mass flux on the heat transfer coefficient of the wound tube 

heat exchanger.  

SYSTEM DESCRIPTION 
Figure 1 is the schematic of the spiral wound heat 

exchanger which used in LNG industry widely. The core 

bucket is twined by many layers of aluminium tubes. The low 

temperature refrigerant flow in the shell side from top to down. 

The high temperature natural gas which flows in the tube side 

from down to top is cooled as liquid by the refrigerant.  

 

 

Figure 1 A principal sketch of SWHE [14] 

Taking the whole wound tube heat exchanger as the 

research object requires a large number of grids, which greatly 

increases the calculation time and the calculation results are 

difficult to converge. In order to simplify the model, one 

twentieth (θ = 18°) of the wound tube heat exchanger is taken 

in this paper as the research object. The model consists of four 

parts: inlet section, pressure drop test section, heat transfer test 

section and outlet section, as shown in Figure 2 (a). 

The structure of the heating test section is shown in Figure 

2 (b). The tube diameter d = 12 mm, the tube pitch Pa = 2 mm, 

the thickness bar Pd = 1 mm, the spiral rise angle is 4 °, and the 

tube length L = 200 mm. A total of 5 layers of winding pipes 

are wound on the central cylinder core from inside to outside, 

of which the innermost and outermost winding pipes are 

designed as semi-circular pipes close to the wall. In the whole 

calculation area, the whole upper surface is defined as the mass 

flow inlet, and the flow direction is vertical downward and 

perpendicular to the inlet surface; outlet is defined as pressure 

outlet; the heat transfer wall of the fluid domain on the shell 

side gives a constant heat flux, and the other walls are static and 

non-sliding adiabatic walls. The inlet condition as the initial 

field of the fluid domain; the gravitational acceleration is 

simulated with downward acceleration of -9.81 m2/s. In order to 

ensure the accuracy of calculation, a boundary layer is added in 

the heat transfer test section, and sparse grids are used in other 

areas to save calculation resources，as shown in Figure 3. 

 

 
Figure 2 A schematic map of geometry model. (a) Shell side 

fluid local model; (b) Tube bank structure. 

 

 
Figure 3 Detailed grid near the tube intervals. 

THERMODYNAMIC MODEL 
The phase change of the shell side refrigerant in the wound 

tube heat exchanger is a falling film boiling process, including 

the evaporation of the liquid phase on the tube wall and the 

mass transfer between the two intersecting interfaces. The 

downward flow of working medium is mainly affected by 

gravity, friction and surface tension. In this study, the contact 

angle between the working medium and the pipe is assumed to 

be 10° according to the humidity measurement method [15]. 

The key to obtain the accurate heat transfer characteristics of 

the shell side is to establish a reasonable mass transfer model, 

contact angle model and latent heat model to simulate the heat 

and mass transfer process of the shell side working medium in 

the wound tube heat exchanger. 

Based on the N-S equation, the following control equations 

are selected for the falling film evaporation model: 

Continuity equation: 

Vapor phase 

 ( )g m

g

g


 

 

 
+  =
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Liquid phase 
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Momentum equation: 
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Energy equation: 
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In the equation, βg is the volume fraction of vapor phase, βl 

is the volume fraction of liquid phase, υ is the shared velocity 

of vapor phase and liquid phase [m/s]; E is the internal energy 

[J]; Γm is the source term of the continuity equation, Γe is the 

source term of the energy equation. 

(1) Phase change mass transfer model 

The mass transfer source term is divided into two parts: 

evaporation and condensation. According to Lee model, when 

the local temperature of the working medium is higher than the 

saturation temperature, T ≥ Tsat [K], evaporation occurs, and 

the vaporization amount of liquid phase into vapor phase in the 

control unit mlv there are: 

 sat

lv l l

sat

T T
m coeff

T
 

−
=      (9) 

If T < Tsat, condensation occurs, and the vaporization amount of 

the vapor phase into the liquid phase in the control unit mvl 

there are: 

 sat

vl g g

sat

T T
m coeff

T
 

−
=    (10) 

The coeff is relaxation time, the value is 3 s-1. 

(2) Latent heat transfer model 

The heat transfer in the phase transition process is through 

the addition of latent heat transfer heat source term in the 

energy equation Γe achieved, Γe can be expressed by the 

following equation: 

 
e LH mh = −    (11) 

The hLH [J/kg] is latent heat of vaporization. 

Numerical simulation is carried out with FLUENT. The 

model adopts three-dimensional double precision calculator, 

selects pressure-based solver, adopts steady-state second-order 

implicit calculation, enables energy equation, selects RNG k-e 

model for turbulence model, uses volume of fluid (VOF) 

multiphase flow model, adopts standard wall function for flow 

near wall, adopts SIMPLEC algorithm for pressure velocity 

coupling, adopts green Gauss node-based discretization format 

for gradient discretization, and adopts PRESTO for pressure 

based.  

The working medium of precooling section is ethane 

/propane mixture (45/55 mol%); the working medium in the 

liquefaction section is methane/ethane/propane mixture 

(45/35/20 mol%); the working medium in the cryogenic section 

is methane/ethane/nitrogen mixture (70/15/15 mol%). Glaser 

[16] derived the average flow cross-sectional area of the shell 

side of the heat exchanger by integrating the layer spacing 

between the wound tubes: 

g,Glaser

flow

d

cos 4
d

A D L
d

=           (12) 

where Aflow [mm2] is the flow area at the shell side; D is the 

total width, mm; Dd [mm] is the center distance of radial pipe; 

Dg,Glaser [mm] is the average flow gap at Glaser shell side, and 

the equation is as follows: 
2 2

2

d a d a a

g,Glaser

d a d d

1 ln 1
2 2 2 2

d d d d d
d d

d d d d

 
   

 = + +  + + −   
    
 

 (13) 

In the equation Da [mm] is the center distance of axial pipe. 

MODEL VALIDATION 
Grid independence verification 

Three groups of meshing schemes are designed for the 

model. The calculation results are shown in Table 1. When the 

number of grids increases from 671576 to 795826, the pressure 

drop and heat transfer coefficient of numerical calculation 

decrease by 5.7% and 0.2% respectively; the number of grids 

increased from 795826 to 1197493, and the pressure drop and 

heat transfer coefficient decreased by 4.2% and 1.4% 

respectively. Considering the time cost, scheme 2 is adopted as 

the final meshing scheme. 

 

Table 1 Grid independence verification 

Case No. Grid number 
Pressure 

drop/(Pa·m-1) 

HTC 

/(W·m-2·k-1) 

Case 1 671576 1401.75 194.27 

Case 2 795826 1321.4 193.88 

Case 3 1197493 1265.82 191.08 

 

 
Figure 4 The numerical simulation results of superheated steam 

flow are compared with the literature (Neeraas et al. [3] 

experimental results and Gnielinski V. [17] correlation) 

 

Accuracy verification of numerical model 
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The comparison between the calculation results and the 

experimental results of Neeraas et al. [3] and the correlation of 

Gnielinski [15] is shown in Figure 4. With the same refrigerant, 

the maximum error between the heat transfer coefficient of 

numerical simulation and Neeraas et al. [3] experiment is 21%. 

In terms of heat transfer, the thermal conductivity of the 

working medium used in the experiment is about three times 

that of the working medium used in the numerical simulation, 

and the heat transfer effect is better. 

RESULTS AND DISCUSSION 
In order to study the characteristics of heat transfer and 

pressure drop of two-phase flow under high mass flux on the 

shell side of wound tube heat exchanger, this paper carries out 

simulation calculation according to working conditions shown 

in Table 2, and obtains the relationship between shell side 

pressure drop, heat transfer coefficient, mass flux, vapor quality 

and heat flux. In Table 2, the vapor quality of 0.1:0.1:0.9 means 

that it changes evenly at an interval of 0.1 from 0.1 to 0.9, and 

other similar expressions have the same meaning.  
 

Table 2 Numerical cases of this study 
Parameter Pressure/M

Pa 

Vapor 

quality 

Mass flux/ 

kg·s-1·m-2 

Heat flux/ 

kW·m-2 

Precooling 

section 
0.25 0.1:0.1:0.9 40:20:100 2：2：10 

Liquefactio

n section 
0.28 0.3:0.1:0.9 40:15:100 2 

Cryogenic 

section 
0.30 0.1:0.1:0.9 40:20:100 2 

 

The pressure simulation results at liquefaction section with 

methane/ethane/propane mixture (45/35/20 mol%) under 

different vapor quality are shown in Figure 5. It can be seen 

from the figure that with the increase of mass flux and vapor 

quality, the pressure drop also increases. At 0.9 vapor quality, 

when the mass flux increases from 40 to 55, 70, 85 and 100 

kg/m2·s, the pressure drops increases by 86%, 198%, 337% and 

500% respectively. The growth gradient of pressure drops 

increases with flux rather than vapor quality.  

 

 
Figure 5 Pressure drop under different mass flux at liquefaction  

 

As can be seen in Figure 6, the pressure drop in the 

liquefaction section is the largest. Under most vapor quality, the 

pressure drop in the precooling section is larger than that in the 

cryogenic section. When the vapor quality is larger than 0.8, the 

pressure drop in the cryogenic section exceeds that in the 

precooling section. This is determined by the viscosity of 

working medium in different sections. 

 

 
Figure 6 Pressure drop under different section. G = 100 

kg/m2·s, q = 2000 W/m2. 

 

As can be seen in Figure 7, the heat transfer coefficient 

increases with the increase of mass flow under different 

sections, which is because the increase of mass flux leads to the 

increase of liquid content. Under the same vapor quality, the 

liquid can cover more pipe walls, and the reduction of 

evaporation drying area effectively curbs the deterioration of 

heat transfer. The increase of mass flux also increases the flow 

rate of liquid film on the pipe wall, the heat transfer effect on 

the shell side is improved accordingly, and the heat transfer 

coefficient increases accordingly. The increase of heat transfer 

coefficient caused by the change of vapor quality is far less 

than the enhancement of heat transfer caused by mass flux, 

which shows that mass flux is the key factor. 

 

 
(a) Precooling section 
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(b) Liquefaction section 

 
(c) Cryogenic section 

Figure 7 Heat transfer coefficient under different mass flux and 

sections. q = 2000 W/m2. (a) Precooling section; (b) 

Liquefaction section; (c) Cryogenic section. 

 

 
Figure 8 Precooling section heat transfer coefficient under 

different heat flux. G = 40 kg/m2·s. 

 

As can be seen in Figure 8, the heat transfer coefficient 

increases with the heat flux under precooling section. It can be 

seen from the figure that the heat transfer coefficient first 

increases with the increase of vapor quality, reaches the 

maximum value near 0.4 vapor quality, and then decreases 

sharply. This phenomenon occurs because when the dryness is 

less than 0.5, there is enough liquid film to cover the pipe wall. 

When the vapor quality increases, the flow rate of the gas phase 

increases, resulting in the enhancement of the shear force on the 

liquid film on the pipe wall, and the flow rate of the liquid film 

also increases, which greatly enhances the effect of convective 

heat transfer.  

 

 
(a) Precooling section 

 
(b) Liquefaction section 

 
(c) Cryogenic section 

Figure 9 Heat transfer at different sections. (a) Precooling 

section; (b) Liquefaction section; (c) Cryogenic section. 

 

When the vapor quality is larger than 0.5, the flow pattern 

changes to mist flow. The liquid flow can not completely cover 
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the tube wall, and a local evaporation area gradually appears, 

with a large amount of gas in direct contact with the tube walls. 

When the contact area gradually increases, the heat transfer 

coefficient decreases significantly. 

As can be seen in Figure 9, the heat transfer coefficient of 

different sections has different variation laws. The heat transfer 

coefficient of precooling section and liquefaction section 

increases first and then decreases. The heat transfer coefficient 

of cryogenic section decreases with the increase of vapor 

quality. In addition, under the same mass flux, the highest point 

of heat transfer efficiency in precooling section is near vapor 

quality 0.3, while the highest point of heat transfer efficiency in 

liquefaction section is near vapor quality 0.5.  

CONCLUSION  
In this study, a boiling heat transfer model is constructed for 

the shell side two-phase flow of LNG wound tube heat 

exchanger, and the variation laws of pressure drop and heat 

transfer coefficient under different vapor quality, heat flux and 

mass flux under the full-scale model and compact design 

conditions are explored.  

(1) The increase of vapor quality and mass flux will lead to 

the increase of pressure drop, and mass flux plays a leading role 

in the change of pressure drop.  

(2) The heat transfer coefficient in the precooling section 

increases gradually in the range of 0.1-0.3 and decreases 

sharply in the range of 0.5-0.9. The heat transfer coefficient in 

the liquefaction section increases in the range of 0.1-0.5 and 

decreases in the range of 0.6-0.9. Heat transfer coefficient in 

Cryogenic section decreases with the increase of vapor quality. 
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ABSTRACT

Since  the  early  2000s,  the  number  of  patients  diagnosed
with Heart Failure (HF) is constantly increasing. However, the

number  of  potential  heart  donors  is  not  following  the  same
trend, hence creating an issue on the number of lives which can

be  saved.  In  order  to  save  time  or  even  to  replace  heart
transplant,  the use of Mechanical  Circulatory Support (MCS)

has  proven  its  efficiency  and  still  has  a  lot  of  unexploited
potential.  The  scientific  knowledge  of  internal  flows  in

rotodynamic pumps has been widened thanks to Computational
Fluid  Dynamics  (CFD).  Numerical  simulations  are  a  way to

predict  a  pump’s  behavior  without  having  to  test  it
experimentally.  Before  manufacturing  an  entire  device,  it

appears useful to estimate a certain number of features such as
the manometric height generated. In the specific case of MCS,

the number of red blood cells destroyed, depending on the flow
topology. These devices interact  with the human body and a

living fluid that is the blood in order to irrigate properly the
entire body when the heart is failing. The blood being a well-

known shear-thinning fluid composed of living cells essentials
to  the  patient,  CFD  calculations  are  crucial  before  animal

testing  in  order  to  prevent  an  accident.  This  paper  aims  at
furnishing a complete hydrodynamic and hemodyamic model

of  an  MCS device  whose  purpose  is  to  assist  a  failing  left
ventricle.  In  this  context  CFD calculation  should  be  able  to

confirm  if  the  device’s  performances  are  adapted  for  a
ventricular assistance in the case of patient suffering from Heart

Failure  (HF).  Moreover,  the  numerical  simulations  should
provide information on the amount of red blood cells destroyed.

CFD  calculations  shows  that  this  device  may  be  used  as  a
Ventricular Assistance Device (VAD), as its performance are

satisfying an aortic blood flow. However, these performances
are  obtained  at  a  certain  rotational  speed  and  flow  rate,

governing the amount of red blood cells which are destroyed
and thus impacting the patient's life expectancy.

INTRODUCTION

Health  care  has  seen  a  lot  of  improvement  since  the

beginning of medicine. However, few pathologies are still very
complicated  to  deal  with  nowadays.  It  is  the  case  of  Heart

Failure (HF), affecting 30 million people worldwide [1]. Today,

heart  transplant  remain  the  best  long-term  treatment,
unfortunately  the  number  of  potential  donors  is  not  able  to

match  the  number  of  patients.  In  this  context,  clinicians  in
collaboration  with  engineers  developed  a  new perspective  in

terms of treatment : the Ventricular Assistance Device (VAD).
The theory of VADs consist in an implantable rotating pump

whose purpose is to restore a sufficient cardiac output in order
to irrigate the entire body with blood as shown in Figure 1 [2]. 

However,  the  use  of  such  a  device  is  not  without  any
consequences on the human’s body and blood. Indeed, various

adverse events related to the use of the device are to be noticed
such  as  hemolysis,  thrombosis  formation  or  even  gastro-

intestinal bleedings due to the non pulsatile  flow exiting the
pump  [3].CFD  calculations  are  commonly  used  to  verify

rotating machineries’  performances. It is even more crucial in
the case of VADs as experimental testing is limited and could

put the patient’s life at stake. Therefore, numerical simulations
hould verify a certain number of parameters in the design of

VAD before the prototyping phase. These calculations should
ensure that the flow rates and manometric height generated are

coherent with a physiological flow and that these caracteristics,
obtained for specific operating conditions are not damaging the

cells contained in the blood.

Various numerical studies on mechanical blood damage inside

rotating  pumps  have  been  pursued.  In  the  research  work  of
Katharine  H  Fraser  et  al.  [4],  the  CFD  showed  that  axial

devices were more likely to generate high shear stress region
than  centrifugal  ones,  as  they  tear  more  red  blood  cells’

membrane, resulting in a higher leaking of hemoglobin in the
blood plasma. This difference  is the consequence of different

geometrical  features,  mainly  a  larger  clearance  gap  in
centrifugal devices, hence reducing the shear stress generated

and  the  fact  that  centrifugal  pumps  need  a  lower  rotational
speed  to  generate  a  certain  manometric  height  compared  to

axial  devices.  Hence  reducing  the  speed  gradient  as  the
difference of speed between the outer case and the impeller will

be lower. These conclusions are based on the calculation of the
Hemolysis  Index  (HI),  a  numerical  criteria  allowing  us  to

conclude  on  the  amount  of  red  blood  cells  destroyed.  This
index  is  calculated  by  the  means  of  an  Eulerian  transport
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equation, using a source term depending on to the local shear
stress. 

This  article  aims  at  furnishing  a  complete  modeling
hydrodynamic  of  a  new centrifugal  VAD.  CFD calculations

should allow us to conclude on the devices performances and if
it  is  adapted  or  not  for  a  physiological  aortic  blood  flow.

Moreover,  the  simulations  should  highlight  the  balance
between a higher performance flow and the mechanical blood

damage generated for different roational speed, flow rate and
manometric height.

Figure 1 Post-implantation of LVAD from

ventricle to ascending aorta (Hackmann and
Masood, 2018) [2]

MODEL SETUP AND METHODOLOGY

The geometrical  model used in this study is a centrifugal
pump composed of five blades as shown in Figure 2 and has a

diameter of 35mm. The rotor has a pierced hole in its center to
avoid pump thrombosis. It will also receive a tip allowing the

magnetic centering of the rotor. This tip has not been modeled
in  this  preliminary  study.  The  height  of  the  blades  is  small

compared to the height of the entire rotor. This feature is linked
to the power source. The pump is electro-magnetically driven,

hence  a  high  metalic  mass  is  necessary  for  a  better  pump
efficiency.  Steady  calculation  have  been  run  with  this

geometry,  using  a  multi  reference  frame  calculation  with  a
rotating  cell  zone  and  a  static  cell  zone.  The  information

between  both  region  is  transferred  by  an  Arbitrary  Mesh
Interface (AMI). Hexahedral mesh elements have been adopted

with a few polyhedral (less than 10%). As the purpose of this
calculation is to conclude on hydrodynamic and hemodynamic

performances of the device, two criterias were studied for the
mesh  convergence  (Figure  3).   On  the  one  hand,  the

manometric  height  generated  by  the  device  became
independent  of  number  of  cells  after  4,5 cells.  On the other

hand,  the  hemolysis  index,  hemodynamic  parameter
highlighting mechanical blood damage was mesh independent

when the number of cell exceeded 2,5 millions. As a result, the
mesh  used  for  our  study  is  shown  in  Figure  4  and  was

composed of 4,8 million cells.

Figure 2 Geometrical model of the

pump

Figure 3  Mesh independence study 

Figure 4 Mesh elements
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The  blood  flow  in  the  pump  is  considered  to  be

incompressible with a constant density of 1060 kg/m3. Blood
being  a  well-known  shear-thinning  fluid,  a  non-Newtonian

Carreau model was used to describe its dynamic viscosity:

Where  γ̇  is  the  shear  rate,  1/s,  μ∞=0,00345 Pa.s,

μ0=0,056 Pa.s,   λ=3,313 s,  n=0,3568 . These values

are based on the ones used in the work of Kok et al. [5]. The
first value represents the viscosity of the fluid for an infinitely

high  shear  rate.  This  is  the  value  used  when  the  blood  is
considered as a Newtonian fluid, in regions where the shear rate

is superior to 100 s-1. The μ0 value is the fluid’s viscosity for

a a shear rate of 0.  � is the relaxation time, it  represents the
ability  of  the  fluid  to  fastly  change  its  molecular  grid

organisation after a deformation.

The  fluid’s  behavior  is  governed  by  the  Navier-Stokes
equations: 

• ∇ .V =0

• ρ.( ∂V

∂ t
+V . ∇ V )=−∇ p+∇ .(μ∇V )

Where V is the flow velocity in m/s, p is the pressure in

Pa, ρ is the fluid density in kg/m³ and μ is the dynamic

viscosity in Pa.s.

The  evaluation  of  the  hemolysis  risks  was  performed

through the calculation of the Hemolysis Index (HI). This index
is based on calculating the variation of plasma free hemoglobin.

Indeed, the molecule being normally enclosed within red-blood
cells,  if  this  quantity  presents  variations,  in  can  only be  the

result of mechanical blood damage:

HI (%)=Δ Hb

Hb
×100

Where  Hb is  the plasma’s  concentration  in hemoglobin. The
value of this index is a local value, that will be calculated in

each cell of our domain by the means of an Eulerian approach.

The  scalar  variable  Hb’  is  defined  as  Hb1/α. The  Eulerian

transport equation governing the field is: 

∂Hb '

∂ t
+V .ρ ∇(Hb ' )=ρ(HB . C . τss

β )1/ α

 C, α and β being constants defined in the works of Armour et
al. [6] and HB is the total blood hemoglobin concentration. The

right  hand side of  this  equation will  be referred  later  as  the
source term.

In order to conclude on the device’s hemolysis jeopardy, we wil
refer to the Normalized Hemolysis Index (NIH), in g/100L and

quantified as [7]:

NIH=100× ΔHb

Hb
×(1−Hct)×k

Where  Hct represents  the  blood’s  hematocrit  (40%  in  this

study)  and  k  represents  the  normal  blood  hemoglobin
concentration (1,5 g/100L in  this study)[8]. Depending on its

value  at  the  exit  of  the  device,  ASTM  standard
F1841-97/F1830-97 classification of NIH allow us to conclude

on the clinical outcomes of this potential VAD.
The amount of hemolysis generated in a flow depends mostly

on the  in-flow shear  stress  due  to  the  flow’s  topology [10].
Indeed,  the  source  term  is  a  power  law  of  physiological

constants and the shear-stress defined as:

Where  τss is  the  shear  stress  in  Pa,  σ and  τ are

depending on the gradients of speed, hence the flow topology.
Thanks to the shear stress, we can calculate the source term of

our  transport  equation,  transport  the  Hb  scalar  through  the
domain and integrate it at the outlet to calculate the amount of

hemolysis generated for a certain flow rate or rotational speed.

NUMERICAL METHOD

The hemodynamic performances of the pump are evaluated

numerically  with  steady  state,  incompressible  solver
simpleFoam of  OpenFOAM® library-v7.  The k-ε turbulence

model was used for the calculus, first order numerical schemes
adopted for the divergence terms, and the gradient terms of the

fluid  equations  discretized  with  second  order  numerical
schemes.  Velocity  and  pressure  fields  obtained  after

convergence  were  characterized  respectively  by  residuals
around 10-6 and 10-4.  The steady fields obtained are then used

to solve the transport equation of HI. However,  the pressure,
velocity and turbulent field are the result of steady simulations

only. Hence the unsteady behaviour of the interactions between
the pump and the blood flow are not captured by the present

numerical model. An in-house solver has been implemented in
OpenFOAM®  to  solve  this  equation.  Its  first  purpose  is  to

compute  in  each  cell  of  the domain  the  source  term of  the
transport  equation  by  calculating  the  shear  stress  which

depends  on the  velocity  field.  Once  the  source  term  is
calculated, the transport equation is resolved as the velocity is

known in  each  cell.  The  solver’s  reliability  was  beforehand
verified  according  to  the  results  of  Taskin  et  al.  [10].  Their

study compared various numerical  techniques to calculate the
hemolysis index, and the Eulerian approach was proven to be

the most reliable.  A similar procedure was used in this study :
CFD results were compared to analytical solutions in the case

of an inclined Couette flow generating shear stress. The relative
error  of  the  solver’s  results  in  comparison  to  an  analytical

solution was of 2.96% at its maximum. The solver was hence
judged as reliable in terms of hemodynamic calculation.  The

calculation of the shear stress was based on an equivalent stress
model, used in other hemolysis CFD study in order to compare

the results. Other ways of calculating the shear stress exists and
might provide other results.

μ(γ̇)=μ∞+(μ 0−μ∞). [1+(λ . γ̇)2]((n+1)/2)

τss=[
1

6
.∑(σ ii−σ jj)²+∑ τ ij

2 ]
1/2
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Regarding the boundary conditions, a fixed value of 0 was

imposed  for  the  pressure  at  the  outlet  of  the  device  with  a
Neumann condition at the inlet and on the walls of the domain.

The manometric  height  generated  for  a  rotational  speed  and
flow rate is defined as the pressure difference between the inlet

and outlet surfaces. A steady flow rate was given at the inlet
with a Neumann condition at the outlet for the velocity. On the

rotor and stator walls, a no slip condition was given. Regarding
the  hemolysis,  the  blood  entering  the  pump was  considered

undamaged so a fixed value of zero hemolysis was imposed on
the  inlet  section,  and  Neumann  conditions  were  adopted

everywhere else. 

RESULTS

The  pump’s characteristics  drawn in  Figure 5 for  various

rotational  speed  (4000;  4500  and  5000  rpm)  brings
informations on the ability of the device to be used as a VAD.

For  the  lowest  rotational  speed,  the  manometric  height
generated  at  a  flow  rate  of  2l/min  was  approximately  135

mmHg, and at 3,5l/min, 22 mmHg. The device was unable to
generate  a  positive  head  pressure  for  flow rates  higher  than

3,5l/min at this rotational speed. However, it is well-known that
the human heart  is  supposed to  deliver a  mean flow rate  of

5l/min  with  pressure  in  the  ventricles  varying  from  a  few
millimetres of mercury to 120 or more, with an arterial pressure

oscillating  approximately  between  120  and  80mmHg.  Two
cases have to be distinguished: the aortic valve opens at each

cardiac cycle or it remains closed fot the entire cardiac cycle.
Indeed,  as  the  VAD  is  a  device  of  assistance  and  not  a

replacement device, the heart keeps beating while the pump is
functioning,  so  the  intra-ventricular  pressure  variations  still

opens the valve, except if those variations are not high enough.
As it is specified in the study of Lescroart et al. [1], the fact that

the pump removes the blood directly from the ventricle to re-
inject it in the aorta with a higher pressure makes the opening

of the aortic valve by the ventricle an even more complicated
task. On the one  hand, the VAD is functioning, there is  less

blood volume in the ventricle during the systolic phase, the iso-
volumetric contraction generates then less pressure inside the

ventricle. On the other, the mean aortic pressure is higher than
usual as the device is re-injecting blood at its root. This valve

opening being conditioned by a pressure differential (when the
intra-ventricular pressure is higher than the aortic pressure), it

is common for patients undergoing ventricular assistance to see
their  aortic  valve  being  constantly  closed.  In  this  case,  the

device should be able to deliver 5l/min to the body as the heart
is not injecting any flow rate. At this flow rate, the manometric

height generated should be approximately 60 to 70 mmHg to
reach an aortic pressure allowing the blood to circulate to the

body’s peripheral  organs.  As a result, the rotational speed of
4000rpm is too low to meet the requirements of a VAD, and

will not be the object  of further investigations. However,  the
rotational speeds of 4500rpm and

5000rpm are more interesting for our scope. Indeed, at 3,5l/min
the 4500rpm generated  a head  pressure  of  63mmHg and the

5000rpm generated 116mmHg. Those results shows that both
rotational speed can ensure 70% of the cardiac output and still

generate  sufficient  pressure  for  a  physiological  aortic  flow.

Unfortunately,  none of  these  to  rotational  speed  was able  to

ensure a sufficiently high head pressure with a 5l/min flow rate
imposed.  These  rotational  speed  should  then  be  compatible

with an aortic valve opening ensuring at least 20-30% of the
cardiac  flow  rate  for  the  patient’s  survival.  Furthermore,

centrifugal  and  axial  pumps  generate  a  constant  manometric
height for a steady rotational speed. The pressure at the inlet of

the device  being unsteady,  the  pressure  at  the outlet  will  be
unsteady  as  well,  but  the  oscillations  amplitude  will  be

mitigated. In order to deliver a physiological flow in terms of
pressure and flow rate, a modular rotational speed is necessary.

The pump might be able to meet the requirements of a VAD
by increasing  the rotational  speed  to  5500rpm or  even  6000

rpm. However, mechanical blood damage has not been assessed
in these three operating points. The work of Katharine H Fraser

et  al.  [4]  highlights  the  link  between  Hemolysis  Index  and
rotational speed in  centrifugal  pumps by means of  CFD and

experimental  data. It was shown that the hemolysis increases
with higher rotational speed. Indeed, a higher speed in the rotor

zone generates a higher velocity gradient with the stator. This
velocity  gradient  governs  the  shear  stress,  and  thus  the

generation  of  hemolysis.   As  shown  in   Figure  6 the  NIH
increases  between the three rotational speed for a fixed flow

rate of 2l/min.  It is noticeable that the lowest rotational speed
(not meeting VADs requirements) generates a higher NIH than

0,01,  which  is  higher  than  the  ASTM  standards
F1841-97/F1830-97.  Indeed, the design objectives of a medical

device in terms of hemolysis should present a NIH lower than
0,01. The 4500 and 5000rpm rotational speed already present a

NIH  higher  than  0,02  which  is  already  higher  than  what  is
clinically  acceptable  (threshold  at  0,02)  but  still  lower  than

what is physiologically acceptable (threshold at 0,04). 

Figure 5 Manometric Height generated for various flow rates
and rotational speed.

Figure 6 Normalized Hemolysis Index increasing

with higher  rotational speeds.
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At  a  constant  rotational  speed,  it  is observed  that  the

quantity  of  mechanical  blood  damage  decreases  with  higher
flow rates  [4]. Indeed, red-blood cells travelling faster in high

shear stress regions are less likely to be damaged than the ones
with a higher residence times in those specific regions.  These

regions of high shear stress correspond to zones of production
of hemolysis, which are highlighted on Figure 10. This figure

shows the velocity field and source term field on two different
cross-sections of the fluid domain. The regions with a higher

source term are in majority located at the walls and clearance
gap.  Because  of  the  no  slip  condition  at  the  walls,  there  is

indeed a high speed gradient at the walls. In the radial and back
clearance gap, there is a very high speed gradient as in a 0,5mm

distance the velocity profile will have to develop from 0m/s to
more than 8m/s.

The velocity and pressure fields shown in in Figure 7 and 8
highlight the flow topology as well as the path followed by red-

blood cells entering the device.  When blood comes from the
inflow cannula, a part of it is spun by the blades and another

goes straight into the hole pierced in the rotor. The blood spun
by the blades is going in two different directions: straight to the

outlet,  or travels through the radial clearance  gap, towards the
back clearance gap. Given the pressure field in this region, the

radial speed in the back clearance gap is negative and the blood
migrates to the rotor’s pierced hole and meets the fluid volume

that  went  directly  into  the  rotor  straight  from  the  inflow
cannula, hence generating a backflow (Figure 9.).

Figure 7 Velocity field

Figure 8 Axial component of the velocity field in the
central pierced hole of the rotor.

Figure 9 Pressure fields

Figure 10 Velocity vectors plotted on the source term field

in a zoomed cross-section and the source term field in the
domain.
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Figure 11 NIH at the outlet of the pump for different

flow rates (4500 rpm)
Figure 11 plots the variation of the NIH with an increasing flow

rate and a constant rotational speed of 4500 rpm. The hemolysis
generated is  first  decreasing with the an increasing flow rate

until the flow rate has reached 3l/min. After this operating, the
NIH increases with the flow rate, showing that there might be

an  optimum flow  rate  generating  a  minimum of  hemolysis.
Similar results are obtained for the 5000 rpm rotational speed,

for which the optimum point was slightly shifted to higher flow
rates,  suggesting that this optimum depends on the rotational

speed. The fact that the NIH decreases at first, is in agreement
with  previous  work  on  hemolysis  assessment  in  VAD  (ref

Fraser).  However,  the  slight  increase  of  hemolysis  at  the
highest flow rates has not been observed with the centrifugal

pump of Fraser et  al.  On the one hand, high  flow rates may
modify the incidence angle between the blades and the fluid,

which can lead to higher level of turbulence in this region. This
is characterised by higher shear and gyration, which eventually

generates  more  hemolysis.  In  the  present  numerical  model,
turbulence  is  described  with  k  and  ε.  It  was  observed  that

regions  of  higher  values  of  those  variables  are  found in the
vicinity of the blades. These regions are larger for the highest

flow rates, which may explain the higher hemolysis obtained
after the optimum.   Indeed,  iso-contour surfaces  of this field

were plotted in the region of the blades. The total area of iso-
contour on very high ε values follow the same trend as the NIH

at  the outlet.  Further  investigations are  to  be pursued  as  the
study on a potential dependance on the amount of hemolysis

generated  and  the  forces  exerted  by  the  fluid  on  the  rotor
blades. A sudden decrease in the lift forces on the blades occurs

at the same flow rate as the minimum hemolysis, the turbulent
hypothesis  might  be  an  explanation.  On  the  other  hand,  the

backflow in the pierced hole tend to allow a better evacuation
of the hemolysis generated in the clearance gaps at higher flow

rates. This may lead in return to the slightly higher HI observed
at the pump outlet.

CONCLUSION 

In  the  present  study,  numerical  investigations  have  been

carried out regarding hydrodynamic and hemodynamic assets
of a new potential mechanical circulatory support device.

The ability to deliver a physiologically acceptable flow was
first investigated. Three different operating speed were studied:

one of them provides insufficient flow performances while the

two others have the ability to provide partial assistance with a
closed aortic valve but showed the ability to provide a partial

assistance,  with  an  opening  aortic  valve.  Higher  rotational
speed  were  not  investigated,  for  a  particular  reason:  the

hemolysis generated by the pump was already high according
to ASTM standards for these rotational speeds.

Regarding mechanical  blood damage,  the rotational speed
investigated already led to a relatively high NIH level regarding

the ASTM standard F1841-97/F1830-97. However this level is
not representing an immediate hazard for the patient. Indeed,

according  to  medical  threshold,  the  NIH  was  only  slightly
inferior  to the physiologically acceptable threshold. A higher

level would require blood transfusion. Moreover, these results
highlighted  a  promising  link  between  NIH  and  flow  rate,

suggesting  that  for  each  rotational  speed  corresponds  an
optimum flow rate with a minimum value of mechanical blood

damage.  This  optimum  flow  rate  is the  manifestation  of
potential  turbulence  effects  influencing  then  the  quantity  of

hemolysis generated. This link between turbulence and HI will
be  the  object  of  future  investigation  in  rotary  ventrciular

assistance devices.
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ABSTRACT 
This paper presents the numerical investigation of entropy 

generation in an elliptical cross-section U-bend tube evaporator 

heat exchanger during two-phase flow boiling evaporation of 

R134a at the saturation temperature of 15℃. The primary goal 

is to evaluate the performance of two-phase flow boiling in an 

elliptical U-bend tube in terms of entropy generation due to heat 

transfer and pressure drop to measure the quality level of energy 

transfer in the heat exchanger. The numerical computations 

were conducted using computational fluid dynamics (CFD) 

code for various mass fluxes ranging from 100 to 500 kg/m2s 
with respect to vapour quality ranging from 0.1 to 0.9 and a 

constant uniform heat flux of 10 kW/m2 imposed on the external 

surface wall of the tube. From the results obtained, it was 

discovered that entropy generation increases as the mass flux 

increases for vapour quality due to the predominant 

contribution of pressure drop entropy generation over heat 

transfer. This was reflected in the Bejan number, which was 

found to decrease as the mass flux increased. The bend was 

found to have a significant impact on the flow structures of 

which the flow patterns in the upstream straight tube before the 

bend differed from the flow patterns downstream after the bend. 
The numerical calculations were validated and agreed with 

what is obtained in the open literature. 

INTRODUCTION 

The fin-and tube heat exchanger of an evaporator with a U-

bend tube configuration is widely employed in refrigeration and 

air conditioning industries [1-3]. The presence of bends affects 

the flowing refrigerant, which undergoes a phase change, 
resulting in significant variation in heat transfer and flow 

behaviour along the tube. It has been revealed that U-bend can 

improve heat transfer while increasing pressure drop [4-5]. 

Hence, the study of the performance of two-phase flow 

refrigerant and heat transfer in the U-bend tube is critical in the 

improvement of system efficiency. 

Most of the studies on the evaluation of two-phase flow 

boiling in U-bend tubes have focused on circular cross-sections 

[6-10]. In recent times, the elliptical cross-section has gotten a 

lot of attention. When compared to circular tubes, elliptical 

tubes have a better aerodynamic shape, resulting in a lower 

pressure drop of fluid flowing through the inter-tubular space 

of the heat exchanger [11,12]. 

NOMENCLATURE

A [m2] cross section area  

𝐵𝑒 [-] Bejan number 

Cp [J/kg K ] specific heat capacity 

Cr [-] curvature ratio 

𝑑 [m] diameter of the tube

𝐸 [J/kg ] energy per unit mass 

𝐹 [N] external body forces

𝐺 [kg/m2s] mass flux 

𝑔 [m/s2] gravitational acceleration 

ℎ [W/m2K] heat transfer coefficient 

ℎ𝑙𝑣 [J/kg] latent heat 

𝐾 [W/Mk] thermal conductivity 

�̇� [kg/s] mass flow rate 

P [m] perimeter 

𝑝 [Pa] Pressure 

Q [W/m2] heat flux 

R [m] bend radius

𝑅𝑒 [-] Reynolds number 

𝑅𝑒𝐿 [-] Liquid Reynolds number 

𝑆𝑖 [kg/ms3] source term of i-phase 

𝑆𝑒 [W/m3] energy source term 

�̇�𝑔𝑒𝑛 [W/K ] entropy generation 

𝑇 [K] temperature

𝑢 [m/s] velocity 

X [-] vapour quality 

Special characters 

Ρ [kg/m3] density 

Α [-] volume fraction  

Μ [kg/m-s ] viscosity 

𝜎  [N/m] Surface tension coefficient 

𝜆  [𝑠−1] relaxation time factor 

Subscripts 

𝑠𝑎𝑡 saturation 

𝑣 vapour phase 

𝑙 liquid phase 

The research on elliptical fin-and-tubes evaporators heat 
exchangers has focused more on the airside to enhance the 

thermal performance of finned heat exchangers by reducing air-

side thermal resistance [11-17]. On the tube side, a few studies 

are available such as the work of  Wang, et al [18] who used the 

Reynolds Stress model to numerically examined turbulent flow 

and heat transfer performances in elliptical tubes with different 

aspect ratios. Based on their results, they obtained the 

correlation between the Nusselt number and Reynolds number 

in the fully developed fluid section of the elliptical tube. Zhu, 

et al, [19] experimentally investigate mass and heat transfer 

characteristics of air-water two-phase flow in an evaporative 
condenser with a horizontal elliptical tube bundle. To enhance 

heat transfer in an elliptical tube heat exchanger in a single-

phase flow of air, Omara and Abdelatief [20] investigated heat 
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transfer and friction factor in an elliptic tube with circular and 
rectangular helical coils inserted. They discovered that a 

rectangular cross-section helical coil enhances heat transfer 

better than a circular cross-section helical coil. Shariat et al, [21] 

numerically analysed two phases of laminar mixed convection 

nanofluid in elliptic ducts with constant heat flux. They 

discovered that increasing the aspect ratio of elliptic tubes 

decreases the local skin friction factor while having no 

influence on the local Nusselt number.  

From the available literature, there are no studies on two-

phase flow boiling in a U-bend tube heat exchanger with the 

elliptical cross-section. Most of the research on elliptical tube 

cross-section are those on fin and tube heat exchanger which 

focused on the airside of the heat exchanger with limited studies 

on the tube side which are purely straight tubes. Therefore, the 

primary goal of this study is to conduct a numerical 

investigation of heat transfer and fluid flow which focuses on 
the tube side of the fin and tube evaporator heat exchanger, to 

evaluate the performance of two-phase flow boiling of R134a 

in elliptical U-bend tube heat exchanger using the entropy 

generation as a criterion to measure the quality level of energy 

transfer in the heat exchanger.  
 

PHYSICAL MODEL DESCRIPTION  
A compact fin and tube heat exchanger consists of fins that 

improve heat transfer from the outside air and multiple U-bend 

tubes into which two-phase refrigerant from the expansion 

valve is distributed and eventually discharged as vapour into the 

outlet manifold. This study focused on the tube side of the 

exchanger, with a constant heat flux of 10 kW/m2 imposed on 

the tube's outside surface area. The model is simplified by using 

a single U-bend tube on the assumption that the tubes are 

similar in size and configuration. 

3D computational domain of elliptical cross-section of  U-

bend tube heat exchanger was modelled using SpaceClaim, 
Ansys R18.1 as shown in Figure 1. The U-bend tube 

configuration consists of the upstream straight tube, 1800 bend, 

and the downstream straight tube. The U-bend tube has a 

hydraulic diameter of 8 mm with a total length of  2500 mm and 

a bending radius of 12 mm. 

The two typical two-phase refrigerants (R134a) at the 

saturation temperature of 15℃ enter the tube at the inlet 

upstream of the tube and eventually exit at the outlet 

downstream of the tube. Various mass fluxes ranging from 100 

to 500 kg/m2s at the vapour qualities ranging from 0.1 to 0.9 

were utilized. The thermophysical properties of the tube were 
assumed constant for the operating temperature and also, at the 

saturation temperature, the working fluid properties were 

assumed constant [22, 23].  

 

 
 

Figure 1 3D computational domain U-bend tube with 

              elliptical cross-section 

NUMERICAL METHOD 

Volume of Fluid (VOF) model  

The VOF model has the capability of tracking the volume 

fraction of liquid and vapour interfaces of immiscible fluids 
throughout the computational domain. The sum of liquid and 

vapour’s volume fractions in the computational domain is unity.  

𝛼𝑙 + 𝛼𝑣 = 1                                                                 (1)                                                                                                               

Where 𝛼𝑙  and 𝛼𝑣 are volume fraction of liquid and vapour 

phases respectively.          

The governing equations are[24,25]: 

The continuity conservation equations are given as; 
𝜕

𝜕𝑡
(𝛼𝑙𝜌𝑙) + ∇. (𝛼𝑙𝜌𝑙�⃗� ) = 𝑆𝑙                                               (2)                                                                                      

𝜕

𝜕𝑡
(𝛼𝑣𝜌𝑣) + ∇. (𝛼𝑣𝜌𝑣�⃗� ) = 𝑆𝑣                                           (3)                                                                                    

The momentum equation is given as; 
𝜕

𝜕𝑡
(𝜌�⃗� ) + ∇. (𝜌�⃗� �⃗� ) = −∇. [𝜇(∇�⃗� + (∇�⃗� )𝑇)] + 𝜌𝑔 + 𝐹𝜎

⃗⃗  ⃗       (4)                                              

The continuum surface force (CSF) model was used to account 

for the influence of surface tension.  To ensure the liquid holds 

up and liquid and vapour interfaces are captured accurately, the 

surface tension force 𝐹𝜎
⃗⃗  ⃗ is added to the momentum equation and 

can be calculated as [26]; 

𝐹𝜎 = 𝜎
𝛼𝑙𝜌𝑙𝑘𝑣∇𝛼𝑣+𝛼𝑣𝜌𝑣𝑘𝑙𝛻𝛼𝑙

1

2
(𝜌𝑙+𝜌𝑣)

                                                      (5)                                                                                          

The curvatures interface of the phases are: 

𝑘𝑙 = ∇.
∇𝛼𝑙

|∇𝛼𝑙|
   and 𝑘𝑣 = ∇.

∇𝛼𝑣

|∇𝛼𝑣|
                                               (6) 

The energy equation is given as; 

  
𝜕

𝜕𝑡
(𝜌𝐸) + ∇. [�⃗� (𝜌𝐸 + 𝑃)] = ∇. (𝑘𝑒𝑓𝑓∇𝑇) + 𝑆𝑒                    (7)                                                                

Where energy E is calculated by  

𝐸 =
𝛼𝑙𝜌𝑙𝐸𝑙+𝛼𝑣𝜌𝑣𝐸𝑣

𝛼𝑙𝜌𝑙+𝛼𝑣𝜌𝑣
                                                                   (8)                                                                                                             

Where  𝐸𝑙  and 𝐸𝑣 are liquid and vapour phase energy. 

The properties shared by the phases for density, viscosity, and 
thermal conductivity are calculated as follows; 

𝜌 = 𝛼𝑙𝜌𝑙 + 𝛼𝑣𝜌𝑣                                                                    (9)                                  

𝜇 = 𝛼𝑙𝜇𝑙 + 𝛼𝑣𝜇𝑣                                                                  (10)  

𝑘𝑒𝑓𝑓 = 𝛼𝑙𝑘𝑙 + 𝛼𝑣𝑘𝑣                                                             (11) 

 

PHASE-CHANGE MODEL 
The phase change from liquid to vapour occurs at the 

interface by the transfer of mass from liquid to vapour phase 
due to latent heat absorption. The mass and heat transfer source 

terms are user-defined functions (UDF) that are incorporated 

into energy and continuity equations respectively, presented as 

follows [25].  
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Source term; 

𝑆𝑙 = −ℷ𝑙𝛼𝑙𝜌𝑙
𝑇𝑙−𝑇𝑠𝑎𝑡

𝑇𝑠𝑎𝑡
   if    𝑇𝑙 > 𝑇𝑠𝑎𝑡                                      (12)                                                                  

𝑆𝑣 = ℷ𝑙𝛼𝑙𝜌𝑙
𝑇𝑙−𝑇𝑠𝑎𝑡

𝑇𝑠𝑎𝑡
        if    𝑇𝑙 > 𝑇𝑠𝑎𝑡                                   (13)                                                          

Where ℷ𝑙  𝛼𝑣 and 𝛼𝑙, are the relaxation time factor of the liquid 

phase, the volume fraction of vapour and liquid phases. The 

relaxation time factor provides control to evaporation rate and 

a value of  0.1𝑠−1 was used to ensure that the interface 
temperature and saturation temperature are kept close during 

the mass transfer [26]. 

The energy source term 𝑆𝑒is given as [25]. 

𝑆𝑒 = −ℷ𝑙𝛼𝑙𝜌𝑙 (
𝑇𝑙−𝑇𝑠𝑎𝑡

𝑇𝑠𝑎𝑡
)ℎ𝑙𝑣                                                   (14)                                                                                   

Where, ℎ𝑙𝑣  represents latent heat  
 

TURBULENCE MODELLING 
Taking into consideration the complexity of multiphase 

flow in U-bend tubes, the realizable 𝑘- 𝜀 model [27] was 

adopted. The model provides very good performance for 

various validations of flows with complex secondary flow 

characteristics which include vortices, rotation and strong 

streamline curvature [27]. The turbulent kinetic energy (𝑘) and 

its specific dissipation rate (𝜀) in the realizable 𝑘- 𝜀 model, are: 
𝜕

𝜕𝑡
(𝜌𝑘) +

𝜕

𝜕𝑥𝑗
(𝜌𝑘𝑢𝑗) =

𝜕

𝜕𝑥𝑗
[(𝜇 +

𝜇𝑡

𝜎𝑘
)

𝜕𝑘

𝜕𝑥𝑗
] + 𝐺𝑘 + 𝐺𝑏 − 𝜌𝜀 −

𝑌𝑀 + 𝑆𝑘                                                                                   (15) 
𝜕

𝜕𝑡
(𝜌𝜀) +

𝜕

𝜕𝑥𝑗
(𝜌𝜀𝑢𝑗) =

𝜕

𝜕𝑥𝑗
[(𝜇 +

𝜇𝑡

𝜎𝜀
)

𝜕𝜀

𝜕𝑥𝑗
] + 𝜌𝐶1𝑆𝜀 −

𝜌𝐶2
𝜀2

𝑘+√𝑣𝜀
+ 𝐶1𝜀

𝜀

𝑘
𝐶3𝜀𝐺𝑏 + 𝑆𝜀                                               (16) 

𝐶1 = 𝑚𝑎𝑥 [0.43,
𝜂

𝜂+5
]                                                           (17) 

𝜂 = 𝑆
𝑘

𝜀
                                                                                  (18)                                                                       

𝑆 = √2𝑆𝑖𝑆𝑖𝑗                                                                        (19)                                                                                                        

Where 𝐺𝑘 and  𝐺𝑏  represent kinetic energy generation by 

buoyancy and mean velocity gradient respectively, 𝑌𝑀 

represents fluctuating dilatation in compressible turbulence's 

contribution,  𝑆𝑘 and 𝑆𝜀  are user-defined source terms, the 

turbulent Prandtl numbers for  𝜀 and 𝑘 are represented by 𝜎𝜀 and  

𝜎𝑘  respectively, 𝐶2 and 𝐶1𝜀 are constants,   

The turbulent viscosity, 𝜇𝑡 , is: 

𝜇𝑡 = 𝜌𝐶𝜇
𝑘2

𝜀
                                                                                    (20)                                                                                 

The detailed information on the expressions and constants can 

be accessed in the FLUENT User’s Guide [27] 

 

NUMERICAL SIMULATION METHOD 
The U-bend tube’s continuum computational domain was 

discretized into finite control volumes of tetrahedron elements. 

The inflation layers were created near the tube’s wall to capture 

the boundary layers of the fluid and tube. The accuracy and 

consistency of the numerical results were validated by 

conducting an independent grid refinement test. The wall 

temperature of the tube was monitored with the convergence 
criterion based on Eq. (21) 

𝛾 = |
(𝑇𝑤𝑎𝑙𝑙

𝑖 −𝑇𝑤𝑎𝑙𝑙
𝑖−1 )

𝑇𝑤𝑎𝑙𝑙
𝑖 | ≤ 0.001                                                         (21)                                                                            

Where 𝑖 is the mesh iteration index such that 𝑖 increases with 

the increase in mesh refinement. The criterion is satisfied when 
the wall temperature change is less than 1% as the number of 

elements increases. In that case, 𝑖 − 1 mesh is preferred as the 

convergence mesh because an increase in the elements does not 

result in substantial alteration in the wall temperature. 

The governing equations were solved using the Ansys 

Fluent® R18.1 computational fluid dynamics (CFD) code. The 

process of solving the governing equations is as follows, first, a 

steady-state calculation of a single phase was performed to 

determine the flow field before transient calculations of the two 

phases. The vapour and liquid phases were defined as the 
primary and secondary phases respectively. The user-defined 

function (UDF) for phase change was created and linked with 

the volume of fluid (VOF). The solution was kept stable by 

using the pressure–implicit with the splitting of operators 

(PISO) method for pressure–velocity coupling. A double-

precision calculation was carried out using a pressure-based 

solver. A time step of 0.0001s was utilized to enable the 

convergence. The solutions for the numerical calculations were 

considered at the quasi-steady state mode when the scaled 

residual of the continuity, momentum and energy were less than 

10-4, 10-4 and 10-9 respectively. High-Performance Computing 

(HPC) facilities of the University were used for these 
simulations. It takes five to seven days to generate each result. 

 

VALIDATION OF NUMERICAL MODEL 
The numerical results of entropy generation were validated 

by comparing to the work of Revellin and Bonjour, [28] on the 

entropy generation during flow boiling of pure refrigerant R-

134a in a straight tube as shown in Figure 2. The same 

geometrical and operating parameters were utilized. The 

percentage error was evaluated as 1.6% when compared with 

CFD simulations. 

 

Figure 2 Comparison of Revellin and Bonjour’s [28] 

              Work with the present work  
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RESULTS AND DISCUSSION 
Heat transfer coefficient 

Figure 3 illustrates the heat transfer coefficient in the U-

bend tube heat exchanger during the flow boiling of R134a as a 

function of inlet vapour qualities for a mass flux of 100 kg/m2s, 

200 kg/m2s and 300 kg/m2s respectively.  For the three mass 

fluxes, the heat transfer coefficient steadily increases as the 

vapour quality increase from 0.1 to 0.7  and began to decline as 

vapour quality keep increasing from 0.8 to 0.9. However, the 

mass flux of 300 kg/m2s was found to have the highest heat 

transfer coefficient, followed by the mass flux of  200 kg/m2s 

and then the mass flux of 100 kg/m2s. An increase in heat 

transfer coefficient could be attributed to convective heat 
transfer, which increases as the vapour quality increases as a 

result of the annular flow structure along the length of the tube, 

particularly after the bend due to secondary flow generation. At 

the higher qualities, mist dry-out flow structure occurred, this 

flow structure reduces the heat transfer due to the low thermal 

conductivity of the vapour phase which dominates the flow. 

Due to the secondary flow induced by centrifugal force when 

the mass flux increases from100 to 300 kg/m2s, the annular flow 

tends to dominate the length of the straight tube downstream 

after the bend. As a result, the heat transfer coefficient 

increases.  

 
Figure 3 Heat transfer coefficient vs vapour qualities for 

               mass flux of 100 kg/m2s, 200 kg/m2s and 300 kg/m2s. 

Entropy generation 

The relationship between the entropy generation and the 

vapour quality for the flow boiling in the elliptical U-bend tube 

for mass fluxes of 100 kg/m2s, 200 kg/m2s and 300 kg/m2s 

respectively is shown in Figure 4. The trend reveals that the 

entropy generation for a mass flux of 100 kg/m2s slightly 

decreases as the vapour quality increases from 0.1 to 0.6 and 

then began to increase slightly as the vapour quality increase 

from 0.7 to 0.9. For the mass flux of 200 kg/m2s, the entropy 

generation is relatively constant as the vapour quality increases 
from 0.1 to  0.6 and the began to increase as the vapour quality 

increase from 0.7 to 0.9. For the mass flux of 300 kg/m2s, the 

entropy generation slightly increases as the vapour quality 

increase from 0.1 to 0.6 which become rapidly the vapour 

quality from 0.7 to 0.9. However, the entropy generation for a 

mass flux of 300 kg/m2s is higher than the mass flux of 100 

kg/m2s and 200 kg/m2s. The entropy generation due to the 

internal irreversibilities is generated by heat transfer and fluid 
flow as a result of thermal resistance and pressure drop 

respectively. Although, the contribution of pressure drop is 

dominant as the mass flux increases as well as vapour quality. 

The pressure drop irreversibility tends to increase as the Bejan 

number decrease towards zero for the vapour quality increases 

from 0.1 to 0.6 and began to increase slightly at the vapour 

quality of 0.7 to 0.9  as reflected in Figure 5.  

 
Figure 4 Entropy generation vs vapour qualities for mass 

                  flux of 100 kg/m2s, 200 kg/m2s and 300 kg/m2s. 

 
Figure 5 Bejan number vs vapour qualities for mass flux 

                  of 100 kg/m2s, 200 kg/m2s and 300 kg/m2s. 

Effect of mass fluxes 

The effect of mass flux on entropy generation during flow 

boiling of R134a in an elliptical U-bend tube for a constant inlet 

vapour quality of 0.2 is illustrated in Figure 6. the entropy 

generation was found to increase slightly for the mass fluxes of 
100 kg/m2s and 200 kg/m2s and the increase become pronounce 

at the mass flux keep increasing to 500 kg/m2s. in these cases, 

the convective heat transfer tends to increase with an increase 

in mass flux which reduces the thermal resistance but on the 

other hand pressure drop tends to increase as mass fluxes 

increase. Hence the contribution of entropy generation due to 

pressure drop become predominant to the total entropy 

generation as the mass flux increase as shown in Figure 7, 

where the Bejan number steadily decreases as the mass flux 

increase.  

The vapour volume fraction for the mass fluxes of 100 to 
500kg/m2s at the vapour quality of 0.2 in the U-bend tube is 
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shown in Figure 8. The effect of the bend is also seen in Figure 
9 in which the flow regime before the bend upstream is different 

from the flow regime after the bend downstream. 

 

Figure 6  Entropy generation vs mass fluxes at the vapour 

                quality of 0.2 

 

Figure 7 Bejan Number vs mass fluxes at the vapour 

                 quality of 0.2 

 

Figure 8 vapour volume fraction for mass fluxes of 100 – 

                500kg/m2s at the inlet quality of 0.2 

 

Figure 9 vapour volume fraction at the upstream before  

                the bend and downstream after the bend for mass 

               fluxes of 100 -500kg/m2s at the inlet quality of 0.2  

CONCLUSION 
The entropy generation of two-phase flow boiling 

evaporation of R134a in an elliptical U-bend tube heat 

exchanger was numerically investigated using CFD code to 

evaluate its performance. The numerical computations were 

conducted for the mass fluxes ranging from 100 kg/m2s to 500 

kg/m2s for inlet vapour quality from 0.1 to 0.9 and a constant 

uniform heat flux of 10 kW/m2 imposed on the external surface 

wall of the tube. From the results of the simulations, the 

following conclusions can be drawn; 

 The heat transfer coefficient was found to increase as 

the mass flux increases at the vapour quality from 0.1 

to 0.6 and then decreases at higher vapour qualities due 
to dry-out along the tube as the refrigerant evaporates. 

 Entropy generation was found to be increasing as the 

mass fluxes increase for vapour qualities due to the 

dominant contribution of pressure drop entropy 

generation over heat transfer. This was reflected in the 

Bejan Number,  which was found to decrease from one 

toward zero as the mass fluxes increased. 

 The bend was discovered to have a significant impact 

on the flow structures because the flow regimes 

upstream before the bend differed from the flow 

regimes downstream after the bend. 
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ABSTRACT 
The structure and dynamics of multiple shock waves inside 

a constant area isolator of a model scramjet engine are studied 

numerically using a finite volume solver. The flow is 

accelerated through a nozzle with an exit Mach number of 1.75 

and continues in the constant area isolator where the multiple 

shock waves are formed. To analyze the effect of duct acoustics 

on the dynamics of shock train oscillations, three ducts with a 

duct length of 0D, 50D, and 150D are attached to the exit of the 

isolator, where D is the isolator exit height. The wall static 

pressure variation along the bottom wall and four specific 

locations are monitored. The wall shear stress variation along 

the wall provides the location of separation and reattachment 

points in the flow field. As the duct length is increased, the 

amplitude of oscillation is increased and the dominant 

frequency is decreased. The statistical analysis provided more 

insights into the oscillation mechanisms. The lower frequency 

components from the duct resonance are enhanced as the duct 

length is increased and it altered the dominant frequency of 

shock oscillation. The standard deviation of pressure signal on 

the wall surface and the wavelet analysis of pressure signals at 

maximum standard deviation are analyzed to understand the 

mechanism of shock oscillations in detail. 

INTRODUCTION 
The supersonic flow in a duct is decelerated to a subsonic 

flow through a complex shock train system depending on the 

boundary conditions. If the duct is sufficiently long, the shock 

train is followed by a mixing region, and the total flow field is 

termed the pseudo-shock wave. The entire region from the 

beginning of the shock train to the end of the mixing region is 

called the pseudo shock [1],[2]. The pseudo shock must be 

positioned at a location in the isolator such that the approach 

flow conditions can be processed by the shock system to match 

the downstream boundary condition imposed by the combustor. 

If the fueling scheme is altered according to the flight 

requirements, then the pseudo shock responds by moving to a 

new location in the isolator. Excessive heat release in the 

combustor may generate a pressure rise that is too large for the 

pseudo shock to accommodate, and in extreme cases, the shock 

system propagates upstream until it is disgorged from the inlet 

in a transient process known as engine unstart. 

NOMENCLATURE 

D [mm] Test section exit height

H [mm] Nozzle throat height 

M [-] Mach number 
p [Pa] Static pressure 

P [Pa] Total pressure 

X [mm] Shock train location 
x [mm] Cartesian axis direction 

Special characters 
θ [-] Test section divergence angle 
σ [-] Standard deviation  
γ [-] Intermittency parameter 

Subscripts 

m mean 

s Shock location  
0 Inlet stagnation conditions 

The main design criteria for an isolator is to generate the 

amount of pressure rise needed for efficient combustion along 

with a better weight to drag ratio and robustness of a range of 

operating conditions[3][4].    

The earlier works on pseudo shocks have been studied 

extensively and pointed out that the transition from supersonic 

to subsonic conditions in ducted flows is normally a complex 

and gradual flow diffusion process, not a single discontinuity 

from a normal shock as predicted by inviscid theory. The nature 

of these shock systems depends on Mach number, Reynolds 

number, and boundary properties. There are several empirical 

models [5]–[7] which developed to predict the net changes in 

the flow properties across the shock system. Recent numerical 

studies by[8]–[11] along with experimental background have 

aided in developing a better understanding of shock train in a 

duct under different flow conditions. 

The detailed flow pattern in an internal flow field is 

illustrated in Figure 1. The supersonic flow enters the inlet and 

is decelerated to subsonic velocity behind the first normal 

shock wave, NSW, in the core flow. The pressure rise is 

propagated upstream through the subsonic boundary layer 

region, causing a thickening of the boundary layer itself. The 

boundary layer growth and hence the deflection of the 
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streamlines form an oblique shock wave near the boundary 

layer region. Since the flow is supersonic behind the oblique 

shock wave, there can be another rear oblique shock wave, 

ROS, to make the flow direction similar to the initial condition 

 

 

Figure 1. Schematic of the flow field containing the shock train. 

 

The two oblique shocks converge into the triple point, TP, 

and the normal shock wave at the center of the duct combines 

with these two oblique shock waves and forms into a λ-shock 

structure, λS. The thickening of the boundary layer reduces the 

effective area of the core flow, so that the subsonic flow behind 

the rear oblique shock wave, ROS, is accelerated again to 

supersonic velocity. This supersonic flow interacts with the 

boundary layer, and the same process repeats downstream. The 

location at which the shock structure is normal the flow is 

considered the shock location, and they are indicated in the 

schematic as 1st shock and second shock. 

The oscillation of the shock train can be affected by 

different mechanisms. The self-excited oscillations are 

controlled by the shock-induced separation. The disturbances 

from upstream and/or downstream can trigger the oscillations 

along with the turbulence in the flow field. The acoustics waves 

based on the convective velocity can influence the shock 

locations in the flow. Even though there are many works related 

to the shock train, it is not well understood the mechanism and 

oscillatory characteristics of the shock train in detail. The goal 

of the present study is to examine the shock train unsteadiness 

characteristics and the mechanism of oscillations at different 

duct lengths attached to the downstream of the test section. The 

fluctuations in the static pressure values are analyzed to 

understand the oscillatory characteristics of the shock waves in 

detail. 

NUMERICAL METHOD 
 

Geometry and Boundary Conditions 

A convergent-divergent nozzle followed by the test section 

was considered to study the shock oscillation characteristics as 

shown in Figure 2(a). The nozzle exit Mach number is 1.75. 

The nozzle exit is followed by a 292 mm long quasi-parallel 

test section which has a divergence angle of 0.60 on both upper 

and lower walls. This divergence is given to accommodate the 

boundary layer growth and hence create a constant area flow 

field in the actual case. The dimensions of the present model 

are the same as in the previous study [12]. To elaborate on the 

downstream duct effect, three duct lengths were considered as 

shown in Figure 4. In the no-duct case, the flow is expanded 

directly to the atmosphere. The exit duct has a height equal to 

two times the test section exit height. The computational 

domain is presented in Figure 2(b). Pressure inlet and pressure 

outlet boundary conditions were given to the inlet and outlet 

locations and no-slip wall conditions were assigned to the 

nozzle top and bottom walls.  The quadrilateral cells are 

employed in the computational domain as the numerical results 

strongly depend on the quality of the mesh generated. The 

boundary layer grids are provided to accurately predict the 

shock wave boundary layer interaction. 

Numerical analysis is performed using a commercial 

computational fluid dynamics (CFD) package from Ansys-

Fluent®. The solver discretizes the fluid domain based on the 

finite volume schemes. The fluid turbulence is modeled using a 

shear stress transport[13], [14]  based two-equation eddy 

viscosity model called SST-kω which is known to predict the 

supersonic inlet flow features as seen in the experiments. The 

flow field is solved with air as the ideal gas, and the fluid’s 

viscosity is computed through Sutherland’s three equation 

model. All the flow equations are discretized spatially (implicit) 

with second-order accuracy. The AUSM flux type was taken 

and the gradients are resolved using Lease Squares Cell-based 

techniques. 

 

(a)

(b)
 

Figure 2 (a) Details of the nozzle geometry. (b) Schematic 

showing the boundary conditions employed.  

 

Validation of Numerical Models  

Two-dimensional structured meshes are made at different 

mesh densities as indicated in Figure 3 to find the dependence 

of mesh density on the final numerical solution and also to 

validate the adopted solver. Previous experimental results [12] 

are considered for the mesh independence and solver validation 

exercises. The variation of the static pressure on the bottom 

wall is depicted in Figure 3. It shows that the fine mesh with 

1.5x105 cells would be sufficient to obtain steady-state results. 

The computational results are in very good agreement with the 

experimental data points. The maximum numerical error in the 

simulations can be reported as the maximum deviation from the 

experimental values. The maximum deviation in the pressure 

ratio and the first shock location is 3.04 % and 1.07% 

respectively. The deviations are attributed to the sensor head 
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size and three-dimensional effects present in the actual 

experiments. 

 

 

 

Figure 3 Variation of bottom wall static pressure for different 

mesh sizes (Coarse: 0.7 x 105, Fine: 1.5 x 105, and Dense: 3.2 x 

105 cells) compared with the experimental data. 

 

RESULTS AND DISCUSSIONS 
 

Steady Flow analysis with different exit duct length 

To study the duct length effect on shock train oscillations, 

three cases of exit duct length were considered in the study. The 

schematic showing different exit duct lengths are indicated in 

Figure 4. The steady-state solutions are obtained for a pressure 

ratio of 1.65 which is defined as the ratio of backpressure at the 

model exit to the stagnation pressure at the inlet.  

 

D

0D, 50D, 150D

2D

 

Figure 4 Schematic of the computational model to illustrate 

different exit duct configurations. 

The height of the test section exit is D and the duct 

attached to this portion has a height twice the exit height. This 

study aims to understand the effect of duct acoustics on shock 

train oscillations. The steady-state Mach contours from the 

three duct configurations are presented in Figure 5(a). It is 

found that the time-mean location of the first shock moves 

downstream as the exit duct length is increased. The average 

pressure at the test section exit decreases with the increase in 

exit duct length. This pattern is more visible in Figure 5 (b) 

where the static pressure variation along the top and bottom 

walls is presented. The asymmetry in shock structure is 

observed in these cases where the first shock location on the top 

and bottom wall deviates from each other.   

 

(a)

(b)

P1 P2 P3 P4
50 D 

0 D 

150 D 

 

Figure 5 (a) Time-averaged shock location expressed in terms 

of Mach contour and (b) The variation of the wall static 

pressure along the top and bottom wall of the test section for 

different exit duct lengths. 

 

Variation of Wall Static Pressure and the characterization 

of the Separation Zone 

The unsteady simulations were carried out at a constant 

pressure ratio of 1.65, which is the ratio of upstream stagnation 

to the backpressure at the exit. The simulations were initially 

conducted to obtain a steady-state solution. The unsteady 

RANS simulations were conducted by taking the steady-state 

solution as the initial conditions. All the boundary conditions 

were kept at the constant value as in the initial condition and 

run until a statistically converged solution is obtained. At this 

juncture, the pressure, density, and other flow parameters start 

to record for a while. Since we are not imposing any changes in 

the boundary conditions, the oscillations are termed self-excited 

oscillations. The characteristics of oscillations are elaborated on 

in the following sessions. 

To analyze the unsteady characteristics of shock train, wall 

static pressure data, wall shear stress, and shock location data 

are considered in the present analysis. The wall static pressure 

is measured at four different monitoring points P1, P2, P3, and 

P4 (as indicated in Figure 5 (a)), and analyzed. The variation of 

the static pressure normalizes with the inlet total pressure and is 

indicated in Figure 6. The point P1 is positioned in an 

undisturbed region by the shock wave, therefore no pressure 
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fluctuations are observed. The pressure fluctuations on point P2 

are higher compared to other downstream locations. It is 

because the shock oscillation is more active near point P2, 

while other monitoring points are under the influence of a large 

separated flow.  

 

0 D

50 D

150 D

 

Figure 6 Temporal variation of the static pressure at the 

monitoring points for different duct lengths.  

The x-t plot obtained from the wall static pressure on the 

top and bottom wall of the test section is shown in Figure 7(a). 

The location at which the pressure variation is the first 

experience is the foot of the first shock wave. The wall shear 

stress along the surface becomes a negative value when there is 

a flow separation. This information is used to plot the x-t graph 

of the separation zone as indicated in Figure 7(b). The red 

region indicates the attached flow while the blue region 

indicates the separated flow condition. It is noted that at the 

bottom wall, the local separation and its reattachment occur. 

There are small separations and re-attachment occur further 

downstream of the first separation point. The upstream location 

of the blue region indicates the foot of the shock train and also 

it indicates that the shock wave boundary layer interaction is 

flowed by the flow separation.   

 

50 D 0 D 150 D 

Attached flow Separated flow

(a)

(b)
 

Figure 7(a) contour plots indicating the variation of wall static 

pressure and (b) the regions of attached and separated flow 

conditions on the bottom wall for different duct lengths.  

 

 

Statistical Analysis of the Oscillation Characteristics of the 

Shock Train 

The variation of the first shock location (Xs) normalized 

with the throat height is indicated in Figure 8. The time scale is 

normalized with a factor T=1 ms and this value is consistent in 

all the plots. The first shock location is normalized with its 

mean location. It is observed that at no duct condition (0D) 

lower amplitude of oscillation is experienced and as the exit 

duct length is increased, the amplitude of oscillation is 

increased.  

 

 

 

Figure 8 Variation of the shock location with respect to time. 

The difference between the shock location and the mean is 

normalized by the throat height H. 

Figure 9 indicates the variation of the probability 

distribution function for different duct configurations. The pdf 

curve is compared with a Gaussian curve of mean =0 and a 

standard deviation = 1.0. This comparison enables us to identify 

the asymmetry in oscillations of the shock system. It is also 
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observed that as the exit duct length is increased, the width of 

the pdf curve increased, suggesting that the amplitude of 

oscillation is increased. At the 0D condition, the shock system 

is more probable near the mean value and as the exit duct 

length is increased, it deviates more from the gaussian. At 

larger values of duct length, the asymmetry of oscillations also 

increased. 

 

 

 

Figure 9 The variation of probability distribution function 

(PDF) for different cases. The dotted line represents the 

gaussian curve with a mean = 0 and standard deviation = 1.0. 

The variation of standard deviation in shock location and 

the intermittency parameter is shown in Figure 10. It is noted 

that the maximum values of standard deviation occur at a 

location where the shock oscillation is the maximum. The 

location at which this maximum occurs also moved 

downstream as the duct length is increased. The first peak in 

the curve corresponds to the oscillations of the first shock in the 

shock train. The other peaks correspond to the oscillations of 

subsequent shocks in the shock train. The intermittency 

parameter identifies the region where the shock activity is 

large. The region where γ =0 indicates the region of 

undisturbed flow in the bottom wall. When the shock wave 

starts to oscillate at a particular location, the value of γ 

increases from zero. It attains a maximum value of γ = 1.0 

where the flow is completely under the influence of shock 

oscillation.  

 

Figure 11shows the streamwise distributions of the higher-

order moments for fluctuating pressures. These distributions are 

compared with an effective gaussian with a skewness factor of 

zero and a flatness factor of 3.0. The skewness parameter 

shows both the intensity of pressure fluctuations and the nature 

of the turbulent transport process. Whereas the kurtosis plot 

provides the approximate measure of the intermittency. The 

value of kurtosis increases sharply near the shock wave and 

sharply decreases to the equilibrium level. The same trend is 

observed for the skewness variation.  

 

 

 

 

 

(a)

(b)
 

Figure 10 The variation of (a) standard deviation and (b) 

intermittency parameter for different exit duct lengths. 

 

 

 

(a)

(b)
 

Figure 11 The variation of (a) Skewness and (b) Kurtosis 

parameters for different exit duct lengths. 
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Wavelet Analysis to Investigate the Oscillatory Mechanism 

The wavelet analysis provides the time-frequency 

characteristics associated with the fluctuating signal. Figure 12 

shows the wavelet transformed plots for pressure signal at the 

monitoring point P2 for different exit duct lengths. The 

maximum values in power spectral density indicate the 

dominant frequency of oscillation. It is observed that there 

exists a dominant self-excitation frequency of 147.62 Hz 

145.16 Hz and 137.7 Hz. As the duct length is increased, there 

is a clear enhancement of low-frequency components which are 

arising from the duct resonant frequency. It is also noted that 

the larger values present at higher frequencies originate from 

the turbulence in the flow field.  

 
0 D 50 D 150 D 

147.62 Hz 145.16 Hz 137.7 Hz

 

Figure 12 The wavelet analysis plot of the static pressure at 

monitoring point P2 for different exit duct lengths. 

CONCLUSION  
 

The unsteady characteristics of the interaction of multiple 

shock waves with the turbulent boundary layer in a constant 

area duct were investigated using a finite volume solver. Three 

exit duct configurations were considered to study the effect of 

duct acoustics on shock oscillation. It is observed that there 

exist unsteady oscillations of the shock waves even if the 

pressure ratio is constant. The variation in wall shear stress 

indicates the separation zone in the flow field and the shock 

interaction with the boundary layer is associated with the flow 

separation. The variation of the shock location and its 

probability distribution suggest that as the exit duct length is 

increased, the amplitude of oscillation is increased.  

The maximum values of standard deviation occur at a 

location where the shock oscillation is the maximum. The 

location at which this maximum occurs also moved 

downstream as the duct length is increased. The intermittency 

parameter identifies the regions of undisturbed flow when γ = 0 

and regions completely under the influence of shock oscillation 

when γ =1.0. The value of kurtosis increases sharply near the 

shock wave and sharply decreases to the equilibrium level. The 

same trend is observed for the skewness variation. The time-

frequency characteristics associated with the fluctuating signal 

showed that as the duct length is increased, the dominant 

frequency is decreased. Also, there is a clear enhancement of 

low-frequency components which are arising from the duct 

resonant frequency. 
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ABSTRACT
Laminar non-premixed ethanol/air spray flames under fuel-

rich conditions in the counterflow configuration are studied nu-
merically. In particular, the effect of the variation of the gas strain
rates on the spray side of the configuration from 55/s up to extinc-
tion and the droplet radii in the range of 10 µm to 50 µm on the
existence of multiple flame structures is studied for a fixed equiv-
alence ratio of 1.5 and a fixed initial spray velocity of 0.44 m/s
at atmospheric pressure. In the simulations, the monodisperse
ethanol spray is carried by air and directed against an opposed air
stream where the axisymmetric counterflow configuration is con-
sidered. Both streams enter at 300 K. Depending on the gas strain
rate and the initial droplet radius, up to three different spray flame
structures may exist for the same boundary and initial conditions.
The most stable spray flame structure has two chemical reaction
zones one of which resides on the spray side of the configuration
and the other on the gas side. For some conditions, single reac-
tion zones on either side of the configuration are found and the
conditions under which they exist are analyzed and discussed.
Previous studies identified only two of these structures, and the
new structure appears to exist only under specific conditions. A
regime diagram is presented and discussed to display the range
of existence of the multiple structures as well as their extinction
conditions. The present study aims to contribute to an improved
understanding of these triple spray flame structures under fuel-
rich conditions. These newly found structures are to be analyzed
in the framework of spray flamelet modeling in turbulent spray
flame simulations.

INTRODUCTION
Spray flames are highly relevant in many practical combus-

tion systems such as industrial furnaces, aircraft engines, house-
hold burners, liquid rocket motors, and internal combustion en-
gines [1]. The flamelet concept has been introduced, in which
the flame structures can be described in terms of essentially one-
dimensional laminar flame structures [2] that is stretched and
folded through the turbulence. Laminar flame structures are

NOMENCLATURE

a [s−1] Gas strain rate
BT [-] Spalding energy transfer number
BY [-] Spalding mass transfer number
cP [J kg−1K−1] Specific heat capacity at constant pressure
f [kg m−2s−1] Stream function
g [m s−2] Gravity acceleration
h [J] Enthalpy
LV [J] Latent heat of vaporization
ṁ [kg m−3s−1] Mass vaporization rate
n [m−3] Droplet number density
P [N m−2] Pressure
q̇ [J m−2s] Energy flux into the droplet interior
R [m] Droplet radius
S Source term
t [s] Time
T [K] Temperature
u [m s−1] Velocity component in x direction
V [m s−1] Diffusion velocity
ẇ [mol m−3s−1] Molar chemical reaction rate
x [m] Coordinate in x direction
y [m] Coordinate in y direction
Y [-] Mass fraction

Greek symbols

α [-] 0 or 1 for the planar or axisymmetric counterflow
δ [-] Kronecker delta
η [kg m−2] Similarity variable
µ [kg m−1s−1] Dynamic viscosity
θ [-] Non-dimensional temperature
λ [W m−1K−1] Heat conductivity
ρ [kg m−3] Density
ξ [-] Transformed radial coordinate
τ [-] Transformed time coordinate

Subscripts

−∞ Conditions at the spray inlet
∞ Conditions at the gas inlet
f Film
k Species number
l Liquid
0 Initial
s Surface

Superscripts

′ Derivative
? Reference value

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 762 of 1061



the basis of several flamelet models developed for the simula-
tion of turbulent (gas) flames in a computationally cost-effective
way [3, 4, 5]. For spray flames, these models have been less
investigated.

A number of parameters are required for characterizing the
spray flamelets, making these models particularly complex [6].
For spray flames, the initial droplet radius and the initial gas and
velocities of the spray and the air of the monodisperse spray must
be considered [7]. An important aspect that received very little
attention is the possibility of the existence of multiple numerical
solutions for a set of characterizing parameters. Therefore, the
existence of the multiple spray flame structures and their influ-
ences on the elaboration of flamelets requires more research.

In the original work by Continillo and Sirignano [8], it was
postulated that the governing equations of the laminar spray
flames in the counterflow configuration might not only have a
unique numerical solution. Gutheil [9] numerically confirmed
the existence of two different solutions for the same initial
and boundary conditions for low strain rates for stoichiomet-
ric methanol/air spray flames. Recently, Vié et al. [10] identi-
fied the bifurcation of a monodisperse n-dodecane spray and re-
vealed multi-modal spray flame structures when they conducted
simulation research on the three-dimensional turbulent counter-
flow spray configuration. These multiple structures directly af-
fect flamelet-based tabulation methods, but it is a challenge to
integrate them into turbulent combustion models. Xie et al.
[11] exhibited the coexistence of collocated, distributed, and
cool flames when they numerically studied canonical counter-
flow spray flames at relatively low strain rates using different
low-temperature chemical reaction mechanisms. Carpio et al.
[12] studied dodecane spray flames with carrier nitrogen against
an air stream in the counterflow configuration using a one-step
chemical reaction, and they identified two solutions where one is
a diffusion flame and the second is flameless combustion. They
pointed out that for the spray flames, the strongly temperature
dependent vaporization is a finite-rate limiting factor, which may
lead to the non-existence of a combustion zone due to the lack of
fuel in the vapor phase. Most studies concern spray flames at a
global stoichiometric equivalence ratio even though locally fuel-
rich or lean conditions may prevail. Ying et al. [13] identified two
different structures in the counterflow configuration under fuel-
rich conditions where in both situations a fully developed flame
exists one of which with a single chemical reaction zone and the
other one with two chemical reaction zone. In the new structure
with a single chemical reaction zone, the vaporization and the
combustion zones are largely separated and the combustion zone
resides on the gas side of the counterflow configuration.

The present study is an extension of that of Ying et al. [13]
who found two different flame structures for the same bound-
ary and initial conditions. Here, a third spray flame structure
is found, residing on the spray side of the configuration within
the spray vaporization zone. The present study identifies condi-
tions under with these different flame structures exist. Eventu-
ally, triple flame structures are found depending on the gas strain

rate and the initial droplet radius for the same boundary and ini-
tial conditions, which will contribute to an improved understand-
ing of multiple spray flame structures.

GOVERNING EQUATIONS
The governing equations are the same as reported in earlier

work by Continillo and Sirignano [8] and Gutheil and Sirignano
[7] for variable gas properties and detailed chemical reactions for
the ethanol/air system. A dilute spray is assumed and the gas-
phase equations are formulated with source terms to account for
the spray whereas the Lagrangian equations describe the droplet
heating, evaporation, and motion [7, 8].

The gas strain rate on the boundary of the spray side is used
to characterize the spray flames.

a−∞ = − 1
α+1

dv
dy

∣∣∣∣
−∞

, (1)

where α equals unity for the presently used axisymmetric coun-
terflow configuration.

The steady two-dimensional equations of the gas phase are
transformed into one-dimensional equations [7, 8] by introduc-
ing the similarity variable η and the stream function f

η =
∫ y

0
ρ dy and f =

∫
η

0

u
x

dη. (2)

The gas-phase equations are given based on the gas-phase veloc-
ity, v, the stream function, f , the dimensionless gas temperature,
θ, and the diffusion velocity, Vky. The transformed equations
yield [7, 13]

v =−1/ρ ([α+1] f + fv) with fv =−
∫

η

0
1/ρ Sv dη (3)

d
dη

(
ρµ

d f ′′

dη

)
+([α+1] f + fv) f ′′ = ( f ′)2− 1

ρ
− Sm

ρx
(4)

d
dη

(
λρ

dθ

dη

)
+ cP([α+1] f + fv)

dθ

dη
=

ρ

K

∑
k=1

VkycPk
dθ

dη
+

1
ρ

K

∑
k=1

hkẇk−
1
ρ

Se

(5)

− d
dη

(ρVky)+([α+1] f + fv)
dYk

dη
=−1

ρ
ẇk−(δFk−Yk)

1
ρ

Sv. (6)
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The boundary conditions are

η =−∞ : f = f−∞; f ′ = 1; Yk = Yk−∞; θ = 1;

η = ∞ : f ′ =
√

ρ−∞/ρ∞; Yk = Yk∞; θ = T∞/T−∞.
(7)

The non-dimensional liquid-phase equations are transformed
using [7, 8]

ξ = r/R(t); ξs = R(t)/R0; τ =
1
t?l

∫ t

0

dz
ξs

. (8)

The transformed liquid-phase equations for droplet heating,
evaporation, and motion yield [7, 8]

dξs

dτ
=−1/9 c1ρ f D f S̃h(1+BY ) (9)

∂θl

∂τ
− ξ

ξs

dξs

dτ

∂θl

∂ξ
=

1
ξsξ2

∂

∂ξ

(
ξ

2 ∂θl

∂ξ

)
(10)

∂2xl

∂τ2 −
1
ξs

(
dξs

dτ
− c1µ

)
dxl

dτ
= c1c2µ

d f
dη

xl + c2
2ξ

2
s gx (11)

∂2ηl

∂τ2 +ρ
dρ−1

dτ

dηl

dτ
− 1

ξs

(
dξs

dτ
− c1µ

)
dηl

dτ
=

c1c2µ(−([α+1] f + fv))+ρc2
2ξ

2
s gη.

(12)

The boundary conditions are

ξs(0) = 1;
∂θl

∂ξ
|ξ=0= 0;

∂θl

∂ξ
|ξ=1=

q̇
3ξs

; θl(ξ,0) = 1;

sl(0) = sl0; s′l(0) = s′l0; ηl(0) = ηl0; η
′
l(0) = η

′
l0,

(13)

where q̇ is calculated as

q̇ = ṁ
[

cPf

cPl

(
T ?

T ?
l

θ−θls

)
/BT −LV

]
. (14)

The spray source terms for the continuity, momentum, and en-
ergy equations are

Sv

ρ
=− 3

M?
l

M?

t?

t?l

n
ρ

ξs
dξs

dτ
(15)

−Sm

ρx
=

M?
l

M?

(
t?

t?l

)2 n
ρs

[
ξs

d2s
dτ2 +2

dξs

dτ

ds
dτ
−3

t?l
t?

f ′sξs
dξs

dτ

]
(16)

−Se

ρ
=

cpf

c̄p

M?
l

M?

t?

t?l

n
ρ

ṁ
(

θ−
T ?

l
T ?

θls

)
1+BT

BT
. (17)

The conservation of the droplet number [7, 8] is

n =
n0 s0 η′l0 ρ

s η′l ρ0
; s =

xl

ul0
. (18)

assuming that the droplet number is conserved since neither
droplet breakup nor coalescence are considered. However, the
spray may become polydisperse in regions where droplet rever-
sal or oscillation occurs [7, 9].

The chemical reaction scheme and the variable physical prop-
erties of the gas and the liquid phases are presented by Gutheil
and Sirignano [7]. The hybrid numerical solution procedure of
the equations is provided by Continillo and Sirignano [8] and
Gutheil and Sirignano [7]. The model has been validated for an
n-heptane/oxygen flame [7], but there is not experimental data
for the ethanol/air spray flames.

RESULTS AND DISCUSSION
Numerical simulations are performed for a monodisperse

ethanol spray in air. The system is at atmospheric pressure with
initial gas and the spray temperatures of 300 K. Structures of
fuel-rich spray flames with initial droplet radii ranging from 10
µm to 50 µm and fixed global equivalence ratio Er of 1.5 and an
initial spray velocity v−∞ = 0.44 m/s are investigated. For each
case, the gas strain rate a−∞ on the spray side of the counterflow
configuration is increased starting from 55/s.

Figure 1 shows the range of existence of single, two, or three
different flame structures for the same initial and boundary con-
ditions where both the initial droplet radius and the gas strain

Figure 1: Regime diagram for multiple flame structures. v−∞ =
0.44 m/s at a−∞ = 55/s, Er = 1.5.
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Figure 2: Spray flame structure with two reaction zones for R0 =
15µm, Er = 1.5, Tl,0 = Tg,0 = 300 K, a−∞ = 200/s. Left: Outer
flame structure; Right: Spray characteristics.

Figure 3: Spray flame structure with one reaction zone on the gas
side for R0 = 15µm, Er = 1.5, Tl,0 = Tg,0 = 300 K, a−∞ = 200/s.
Left: Outer flame structure; Right: Spray characteristics.

Figure 4: Spray flame structure with one reaction zone on the
spray side for R0 = 15µm, Er = 1.5, Tl,0 = Tg,0 = 300 K, a−∞ =
200/s. Left: Outer flame structure; Right: Spray characteristics.

rates on the spray side of the configuration are modified for a
fixed equivalence ratio of 1.5. The blue triangles display struc-
tures with a single reaction zone on the spray side of the con-
figuration, the red triangles display spray flames with a single
reaction zone on the gas side of the configuration, and the circle
shows conditions for which structures with two reactions zones
exist where one resides on the spray side and the other one on the
gas side of the counterflow configuration.

A more detailed analysis of the different coexisting spray
flame structures is performed for the condition of R0 = 15 µm, an
equivalence ratio of 1.5, and a gas strain rate of 200/s for which
all three different spray flame structures exist.

Figure 2 shows that the most stable solution with two chemical

Figure 5: Spray flame structure with two reaction zones for R0 =
15µm, Er = 1.5, Tl,0 = Tg,0 = 300 K, a−∞ = 447/s. Left: Outer
flame structure; Right: Spray characteristics.

Figure 6: Spray flame structure with one reaction zone on the gas
side for R0 = 15µm, Er = 1.5, Tl,0 = Tg,0 = 300 K, a−∞ = 447/s.
Left: Outer flame structure; Right: Spray characteristics.

Figure 7: Spray flame structure with one reaction zone on the
spray side for R0 = 15µm, Er = 1.5, Tl,0 = Tg,0 = 300 K, a−∞ =
447/s. Left: Outer flame structure; Right: Spray characteristics.

reactions zones one of which resides on the spray and the other
one on the gas side of the counterflow configuration. The left
part shows the outer flame structures and the right part displays
the mass vaporization rate, Sv and the gas and droplet velocity of
the monodisperse spray. The spray completely evaporates near
the stagnation plane at y = 0 where a dip in the profile of the gas
temperature is visible that accounts for the strong energy con-
sumption related to spray evaporation which peaks at that loca-
tion. The strong influence of drag force on the droplets leads to
the difference in gas and droplet velocities.

Two different spray flame structures are found with a single
chemical reaction zone. In Fig. 3, the reaction zone resides on
the spray side of the configuration whereas in Fig. 4, it locates on
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Figure 8: Spray flame structure with two reaction zones for R0 =
15µm, Er = 1.5, Tl,0 = Tg,0 = 300 K, a−∞ = 1120/s. Left: Outer
flame structure; Right: Spray characteristics.

Figure 9: Spray flame structure with one reaction zone on the
spray side for R0 = 15µm, Er = 1.5, Tl,0 = Tg,0 = 300 K, a−∞ =
1120/s. Left: Outer flame structure; Right: Spray characteristics.

the gas side. The principal spray flame structure seen in Fig. 3
was identified already by Ying et al. [13] for a gas strain rate of
55/s for which the third structure displayed in Fig. 4 does not
exist at the lower gas strain rate of 55/s discussed in the earlier
paper, cf. Fig. 1. All three different spray flame structures exist
in the range of a−∞ of 128/s and 447/s. Gutheil [9] identified the
two different spray flame structures of methanol/air sprays that
show two chemical reaction zones and one on the spray side of
the configuration and it was argued that the spray-sided chemi-
cal reaction zones are similar or even identical to the gas-sided
reaction zone being extinguished in the situation with a single
chemical reaction zone on the spray side. This is confirmed in
investigating the corresponding structures in the present study,
compare Figs. 5 and 7, which also show strong similarity on the
spray side of the counterflow configuration.

Figures 8 and 9 show the remaining two structures for a−∞ =
447/s with two chemical reactions zones and with one on the
spray side, respectively, of the configuration. Thus, these spray
flame structures are more stable compared to the one with a sin-
gle chemical reaction zone on the gas side of the configuration
which extinguishes due to a continuous decrease in flame tem-
perature that eventually leads to extinction of that flame and to
the non-existence at elevated strain. Figures 3 and 6 confirm this
decrease in gas temperature which goes along with a decrease
and broadening in spray vaporization rate. At the higher strain
rate, the droplets start to reverse which modifies the vaporization
characteristics, leading to a decrease in the peak value of the fuel

Figure 10: Spray flame structure with one reaction zone on the
spray side for R0 = 15µm, Er = 1.5, Tl,0 = Tg,0 = 300 K, a−∞ =
1450/s. Left: Outer flame structure; Right: Spray characteristics.

Figure 11: Spray flame structure with two reaction zones for
R0 = 20µm, Er = 1.5, Tl,0 = Tg,0 = 300 K, a−∞ = 2050/s. Left:
Outer flame structure; Right: Spray characteristics.

vapor mass fraction. Also, the width of the chemical reaction
zones narrows with an increase in strain rate which is typical for
these flames. A comparison of the structures with two chemi-
cal reaction zones at gas strain rates of 200/s and 447/s shows
a decrease in the width of both the chemical reaction zone and
the vaporization zone and a decrease in flame temperature of the
gas-sided chemical reaction zone hinting at the extinction of the
gas-sided chemical reaction zone which is found at 1120/s, see
Fig. 1.

Beyond a gas strain rate of 1120/s, only the spray flame struc-
ture with a single chemical reaction zone on the spray side of the
counterflow configuration exists, see Fig. 10 for a−∞ = 1450/s.
Even though the qualitative results for the gas strain rates of
1120/s and 1450/s are similar, the right peak in the profile of
the spray vaporization rate decreases and leaves the chemical re-
action zone [13], leading to the non-existence beyond a gas strain
rate of 1450/s. It is notable that the breakdown of this spray flame
structure is not due to chemical extinction which prevails in gas
combustion [2] but due to a breakdown of vaporization [13, 12].

The regime diagram in Fig. 1 shows that at small initial droplet
radii, the range of gas strain rates for which the three different
spray flame structures displayed in Figs. 2 to 4 coexist, increases
until an initial droplet radius of 20 µm for the conditions under
investigation and then decreases again until only two different
spray flame structures are found at 50 µm. At higher gas strain
rates and small droplet radii up to 15 µm, the structure with the
gas-sided chemical reaction rate does not exist whereas at higher
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initial droplet radii, the structures with the spray-sided chemical
reaction zone do not exist. This is due to the higher momen-
tum and Stokes numbers of larger droplets that penetrate deeper
into the counterflow configuration and thus, the combustion oc-
curs on the gas side of the configuration. This is confirmed in
Fig. 11 for an initial droplet radius of 20 µm for a gas strain rate
of 2050/s beyond which no numerical solutions are found, see
Fig. 1. The two chemical reaction zones exist under this condi-
tion, and the droplets cross both of them before they reverse and
oscillate [14]. At higher gas strain rates, the spray vaporization
cannot be sustained.

CONCLUSIONS
Multiple structures of laminar fuel-rich ethanol/air spray

flames in the counterflow configuration are studied numerically.
A monodisperse ethanol spray with carrier gas air is directed
against an air stream at atmospheric pressure and an equivalence
ratio of 1.5. Up to three different flame structures are found for
the same initial and boundary conditions. Two different spray
flame structures with a single chemical reaction zone either on
the spray or the gas side of the counterflow configuration are
identified, and the third spray flame structure consists of two
chemical reaction zones on either side of the stagnation plane.
Generally, spray flame structure with the two chemical reaction
zones is most stable. For small initial droplet size, the flame with
the spray-sided reaction zone is more stable than that on the gas
side whereas for larger initial droplet size, this is reversed due to
the higher momentum of the larger droplets that penetrate deeper
into the counterflow configuration.

The conditions under which the mentioned multiple flame
structures coexist are analyzed and discussed. The existence of
two different spray flame structures for fixed boundary and initial
conditions was discussed in earlier studies [9, 13], but the iden-
tification of three different structures is new. For stoichiometric
flames, the spray flame structure with a single chemical reac-
tion zone on the spray side was identified before [9], and it was
argued that that spray flame structure shows the same character-
istics as the spray-sided structure of the flame with two chemi-
cal reaction zones, which is confirmed for fuel-rich combustion:
the gas-sided chemical reaction zone is extinguished in the sit-
uation with the single reaction zone compared to the structure
with two chemical reaction zones. The flame structure with the
gas-sided chemical reaction zone is characterized by separated
vaporization and combustion zones [13] and is very interesting
in the context of micro-explosion of droplets which require a hot
surrounding in an inert environment.

Further research is required to study the impact of the coex-
istence of these tripe spray flame structures in the context of the
spray flamelet model for the simulation of turbulent combustion.
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ABSTRACT 
Numerical investigations of a turbulent pipe-jet with and 

without coil-inserts were performed using Reynolds-Averaged 

Navier Stokes equations with SST-K-ω turbulence model. The 

coil-inserts had a pitch to pipe inside diameter (p/D) of 0.5, 1.0, 

and 2.0 and coil-lengths to diameter (l/D) were 1,5, and 10. The 

coil wire diameter was 0.1D. The pipe inside diameter and length 

were 12.7 mm and 600 mm respectively. The inlet mean velocity 

to the pipe was 10 m/sec. and the corresponding Reynolds 

number based on pipe diameter was approximately 8700. All 

simulations were performed on a 128 core Linux-based high-

performance computing (HPC) with convergence criteria for 

continuity, momentum, turbulence kinetic energy, and 

turbulence dissipation set at a residual value of less than 1x10-6.  

The results show that when p/D = 1, the near field entrainment 

rate increases by 7.23% + 0.23% x (l/D) whereas, downstream 

entrainment rate follows a power law, (y/D)b where b = 0.1798 – 

0.028 x ln(l/D). It was also observed that the entrainment rate is 

inversely proportional to the pitch, i.e., increasing p/l decreases 

the rate of entrainment. There is an increase in turbulent kinetic 

energy at the outlet for coil inserts, resulting in better mixing, but 

the graph shows a steep decline in turbulence past y/D = 5. For 

the coil–inserted jets, an asymmetric behavior of the jet is 

observed which decreases with increasing coil length keeping 

pitch constant. 

INTRODUCTION 
Turbulent jets are used extensively in industrial applications. 

Figure 1 shows a turbulent jet.  

Figure 1. Schematic diagram of different regions in the 

development of a turbulent jet [1] 

The y0 is the distance inside the contained space where the 

boundary layer is formed and the jet’s virtual origin is located. 

At the jet outlet, the shear layers are formed entraining ambient 

air into the jet. As the jet progresses downstream, mass flow 

increases, and the jet centreline velocity decreases to conserve 

momentum. The potential core with the initial length, y1 is 

defined as a region where the centerline mean velocity is greater 

or equal to 95% of the bulk exit mean velocity, U0. The 

transitional region can be categorized where the shear layer 

merges and the rate of the centerline mean velocity decay is 

proportional to y-0.5 while for the fully developed flow region the 

decay rate is proportional to y-1 [2]. In the latter region, 

similarity profiles are high intermittency at the jet boundaries. A 

final zone (not shown) is the termination region where the 

centerline mean velocity rapidly diffuses and its decay is 

proportional to the squared distance.  

Active [3-4] and passive [5-12] flow control have been used 

for controlling mixing and entrainment in a jet near-filed.  The 

passive control techniques include changing the geometry of the 

jet, including swirl generators, and attaching vortex–generators 

at the jet outlet.  When tabs are used inside the jet, near the outlet 

as vortex generators, the trailing vortex motion yielded from the 

side of the tabs causes stirring action which has increased the 

mixing process.  

When a twisted-tape insert was used as the swirl generator 

[16],  results have shown two co-rotating helical vortices 

superimposed over the main swirling flow resulting in an 

increased tangential velocity. An increased tangential velocity 

provided better mixing and entrainment in the near field region.  

Previous investigations [11-15] of pipe jets with coil inserts 

have shown that with a fixed pitch spacing, the near filed mixing 

could be controlled with changing coil length and wire diameter. 

Reducing the coil length and wire diameter increases the mixing 

rate in the near field.  From these studies, it was conjectured that 

the streamwise vortices generated off the coil were the 

mechanism behind the mixing process. 

The present investigation is a continuation of our previous 

investigations and is aimed at understanding the effects of coil 

inserts of various geometries( pitch, wire diameter, and length) 

on the near-filed flow characteristics of a pipe jet.   

NOMENCLATURE 

RANS [-] Reynolds Averaged Navier - Stokes 

U0 [m/s] Jet exit bulk velocity 

Um [m/s] Maximum velocity 
D [m] Jet diameter

d [m] Coil diameter 

l [m] Coil length 
P [m] Coil pitch distance 

x [m] Cartesian axis representing lateral direction

y [m] Cartesian axis representing axial direction 
z [m] Cartesian axis representing azimuthal direction

TKE [m2/s2] Turbulent Kinetic Energy 

w [1/s] Vorticity 

Special characters 
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ρ [kg/m3] Density 
μ [kg/m-s] Dynamic Viscosity  

MODEL DESCRIPTION 
A three-dimensional cuboidal computation domain as shown 

in Figure 1 spanning 48D x 48D x 48D in respectively lateral [x], 

axial [y], and azimuthal [z] directions were used. Here D is the 

jet inside diameter. A round jet with an inside diameter, D = 

0.0127 m. was centrally placed at 24D in lateral and 24D in 

azimuthal directions. The jet was elevated 2D above the ground 

in axial direction as represented in Figure 2. A previous 

experimental study has recommended a conservative length of 

150D through their experimental results to ensure a fully 

developed turbulent flow [19] while other studies [20,21] 

indicate a fully developed pipe flow at 30D and 40D. For the 

present investigations,  a smooth pipe of length, L = 40D was 

used with a tripwire of 1.5 mm diameter placed at 5D 

downstream of the inlet to ensure a fully developed turbulent 

flow at the pipe outlet, or before flow interacts with the coil 

insert.  

 
Figure 1. Computational setup. 

 

The present investigations are focused on the effects of coil 

length and pitch on the near field characteristics of the pipe-jet 

as compared to the corresponding characteristics for the smooth 

jet. Table 1 shows the cases studies with corresponding 

numerical cells used and an estimate of swirl numbers generated 

by the coils. 

Table 1. Specifications for the cases investigated. 

All coil–insert cases have a coil diameter, d = 0.1D. For all 

cases, the jet inlet mean velocity was 10 m/s and the static 

atmospheric pressure was set at 101,325 Pa. The air density and 

dynamic viscosity were 1.225 kg/m and 1.7894x10-5 kg/m-s 

respectively. The Reynolds number based on the averaged 

velocity at the smooth tube outlet and the tube inside diameter 

was approximately 8200. The cuboidal domain was large enough 

for wall boundary effects to be negligible.  

 

 
Figure 2. Jet pipe representation with coil insert 

 

The following assumptions are made for the presented studies: 

• Homogeneous and Newtonian fluid (constant viscosity). 

• Incompressible and steady-state fluid. 

• The static pressure at the outlet of the jet is uniform, except 

for the action of the jet flow itself. 

NUMERICAL METHOD 
The continuity and momentum equations are: 

 

Continuity: 
𝜕𝑢𝑖

𝜕𝑥𝑖
= 0      (1) 

 

Momentum: 𝜌�̅�𝑗
𝜕𝑢𝑖

𝜕𝑥𝑗
= 𝜌𝑓�̅� +

𝜕

𝜕𝑥𝑗
[−�̅�𝛿𝑖𝑗 + 2𝜇𝑆�̅�𝑗 − 𝜌𝑢𝑖

′𝑢𝑗
′̅̅ ̅̅ ̅̅  ] (2) 

 

where, 𝑢𝑖, 𝜌 and 𝜇 represent the fluid velocities, density, and 

dynamic viscosity respectively. 𝑓�̅� is a vector representing 

averaged external forces, 𝑆�̅�𝑗 =  
1

2
 (

𝜕𝑢𝑖

𝜕𝑥𝑗
+  

𝜕𝑢𝑗

𝜕𝑥𝑖
) is the mean rate 

of the strain tensor, and 𝜏𝑖𝑗
′ =  𝜌𝑢𝑖

′𝑢𝑗
′̅̅ ̅̅ ̅̅  is turbulent Reynolds stress. 

The k-ω Shear Stress Transport (SST) turbulence model was 

used for all simulations. Previous investigations [17-19] have 

discussed the accuracy of using this model in predicting the 

characteristics of turbulent jets.  

Pressure – Based double-precision FLUENT solver from 

ANSYS, Inc. was used to solve the RANS with the two-equation 

k – ω SST turbulence model of Menter in its incompressible form 

using the finite volume method with ANSYS mosaic polyexcore 

mesh. The second-order upwind scheme is used to estimate 

values on the cell faces based on the calculated values on the cell 

centers with good accuracy. The momentum and continuity 

equations are coupled through a pressure correction scheme and 

the Least Square procedure for gradient reconstruction on an 

unstructured grid is implemented for the spatial discretization. 

Name
Coil Pitch 

(p/D)

Coil Length 

(l/D)
Cell Count

Swirl 

#

Smooth - - 5,039,166 0

DP0 1 1 10,393,953 0.095

DP1 2 2 9,926,043 0.136

DP2 0.5 0.5 11,019,518 0.075

DP3 1 5 26,423,179 0.087

DP4 1 10 45,417,223 0.071
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The blend of k-ω Wilcox model [25] near the wall region and the 

standard k-ε model [26] away from the wall makes it a superior 

choice especially when studying the effects of the near-wall 

region. The formulation of the SST model for the steady-state 

flow is as follows: 

 
𝜕(𝜌𝑈𝑗𝑘)

𝜕𝑥𝑗
=  �̃�𝑘 −  𝛽∗𝜌𝑘𝜔 + 

𝜕

𝜕𝑥𝑗
 (Γ𝑘  

𝜕𝑘

𝜕𝑥𝑗
)   (3) 

 
𝜕(𝜌𝑈𝑗𝜔)

𝜕𝑥𝑗
=  

𝛾

𝜈𝑡
𝑃𝑘 −  𝛽𝜌𝜔2 +  

𝜕

𝜕𝑥𝑗
 (Γ𝜔  

𝜕𝜔

𝜕𝑥𝑗
) + 2𝜌𝜎𝜔2

1

𝜔

𝜕𝑘

𝜕𝑥𝑗

𝜕𝜔

𝜕𝑥𝑗
 (4) 

 

Γ𝑘 =  𝜇 +
𝜇𝑡

𝜎𝑘
 ; Γ𝜔 =  𝜇 +

𝜇𝑡

𝜎𝜔
; 𝑃𝑘 = 𝜏𝑖𝑗

𝜕𝑈𝑖

𝜕𝑥𝑗
; �̃�𝑘 = 𝑚𝑖𝑛(𝑃𝑘 , 𝐶1𝜀) 

 

The coefficients, φ1, and φ2 are functions of:  

𝜑 = 𝑓1𝜑1 + (1 − 𝑓1)𝜑2, and the coefficients of k-ω and k-ε 

model are respectively represented in Table 2. 

 

𝜎𝑘1 = 2.0 

𝜎𝜔1 = 2.0 

𝜅 = 0.41 𝛾1 = 0.5532 

𝛾2 = 0.4403 

𝛽1 = 0.075 

𝛽2 = 0.0828 

𝛽∗ = 0.09 𝐶1 = 10 𝜎𝑘2 = 2.0 𝜎𝜔2 = 1.168 

Table 2 Coefficients of model’s equations 

  

The computations are initialized with the absolute values 

of just the jet inlet velocity relative to the cell zone. 

 

VALIDATION OF NUMERICAL MODELS 
ANSYS FLUENT v20.1 mosaic polyhexcore meshing was 

used to construct an unstructured grid. Figure 3 shows the 

computational grid with 3(a) representing the axial cross-section 

of the mesh up to 5D downstream, 3(b) representing the mesh at 

the jet’s outlet up to 4D in the radial direction, and finally, 3(c) 

showing the transition of the mesh elements from the prism layer 

at the wall to polyhedral and hexahedral cells. The use of an 

unstructured grid allows an efficient variation of cell types and 

sizes. Prismatic cells are used near the jet wall, coil inserts 

surfaces, and ground wall of the computational domain. 

Hexahedral cells are used at the core of the jet and for the 

cuboidal domain. The mosaic mesh transitions from prism layer 

cells to hexahedral cells conformally using polyhedral cell layers 

in between. The connection uses a low cell count and has high 

quality. Finer element size is used near the wall and coarser 

element size is implemented far away from the jet outlet within 

the domain.  

For the developed problem, a mesh–independent volume flux 

solution at axial locations up to 30D was obtained when the cell 

size varies from 0.01D to 3D with a growth rate of 1.05 over the 

computational domain.  Similar methods and spacing were used 

with high accuracy for predicting jets in crossflow [20]. When 

the number of cells is doubled, less than a 1% difference in the 

calculated volume flux solutions was present. The convergence 

criteria for all cases were set to achieve the residual values for 

continuity, momentum, TKE, and specific dissipation Rate (ω) 

were less than 1x10-6. Figure 3(d) also include a typical 

convergence plot. 

 

 
(a) 

 

 
(b) 

 

 
(c) 
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(d) 

 

Figure 3. Computational Grid: (a) Cross-sectional view along 

the axial direction for smooth jet, (b) Cross-sectional plane at 

the jet exit, (c) Detailed view of mesh elements near the coil 

and jet wall, and (d) a convergence plot for the smooth pipe.  

RESULTS AND DISCUSSIONS: 
Figures 4 and 5 show axial variations of the volume flux 

and maximum mean velocity, normalized with the 

corresponding values at the jet outlet for prespective cases. The 

volume flux was calculated from the integration of velocity times 

area across the jets’ cross-sections. Since density is assumed to 

be constant, variations of the normalized volume fluxes are the 

same as the corresponding mass fluxes. An increase in the 

volume flux is an indication of increased entrainment and 

mixing. Results show that DP1 has the highest entrainment, 

followed by DP0, DP3, and DP2. In all cases, coil inserts have 

increased entrainment when compared with the corresponding 

values for the smooth pipe.  

Increasing pitch spacing and coil length increases 

entrainment. When the pitch is constant, increasing coil length 

does not have a significant effect on the entrainment process. 

Similar results are seen in the axial decay of the maximum mean 

velocity. While at the jet outlet, maintaining the pitch spacing 

and increasing the coil length increases the maximum mean 

velocity. However, downstream in the near filed, DP1 and DP0 

have higher maximum mean velocities than the other cases 

investigated. The increased maximum mean velocity at the tube 

outlet for DP4 could be due to the narrowing of the tube due to 

increased coil length. As Table 1 shows, for DP0 and DP1, with 

proportional increase in coil pitch and length,  swirl number is 

increased. Since the swirl numbers correspond to a weak swirl, 

the results could be narrowing of the jet and thus increase mean 

velocity and the throw distance. Figure 5 also include 

experimental results for the smooth tube from our previous 

investigations [13] where there are good agreements between the 

numerical and experimental results. 

Figures 6-8 show contours of turbulence kinetic energy 

(TKE), vorticity, and maximum mean velocity for all cases 

investigated. For the smooth tube variation of TKE is symmetric, 

increasing in the downstream direction. With coil inserts, the 

contours become asymmetric with increased TKE downstream. 

When there is a proportional increase in the coil length and pitch 

spacing, DP1 has the highest increase in TKE. Keeping the pitch 

constant and increasing the coil length results in increased 

TKE.The effect of increased coil length is more pronounced at 

the tube outlet. It is postulated that with increased length, 

narrowing of the tube, and increased mean velocity, the coil acts 

as a turbulator with increased vortices and thus increased TKE.  

 

 

Figure 4. Normalized volume flux in axial direction. 

Figure 5. Normalized velocity decay in the axial direction 

The mean velocity and vorticity contours indicate 

asymmetric behaviors with coil inserts with increased mean 

velocity and vorticity at the tubes’ outlet. With constant pitch and 

increasing length, the contours become less asymmetric 

downstream, indicating the effect of the coil as a turbulator is 

more uniform within the tube. Similar results are seen in a 

spirally fluted tube [27]. 

For DP0 through DP2, the velocity vectors [ Figures 9 and 

10] indicate asymmetric increases in the mean velocity, similar 

to a non-symmetric vortex generator, increasing mean velocity 

and vortices at certain locations. These effects are more 

pronounced for DP1. Reducing the coil pitch and length 

proportionally, expand the effects across the jet with reduced 

asymmetry. Similar results are seen when the pitch is constant 

and coil length is increased. It is conjectured that when the pitch 

is constant and coil length is increased, a weak swirl is formed, 

narrowing the jet and increasing the mid-section mean velocity. 
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Figure 6. Normalized TKE contours. 

 

Figure 7. Vorticity contours. 

 

Figure 8. Normalized mean velocity contours. 

 

 

Figure 9. Velocity vectors. 
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Figure 10. Enlarged velcity vector plots for Dp0 and Dp1 at the 

outlet and 1D elevation 

CONCLUSIONS: 
The effects of coil inserts of various pitches and lengths on the 

behavior of a pipe jet have been numerically investigated using 

Renolds averaged Navier Stokes (RANS) equations with  SST-

kω turbulence model. The mean velocity input to the pipe was 

10 m/sec. and the Reynolds number based on the input mean 

velocity and the tube diameter was 8700.  Results indicate coil 

insert increase entrainment and mixing. Increasing the pitch and 

length of the coil proportionally with respect to the tube diameter 

results in increased entrainment and mixing downstream. The 

coil imposes asymmetric behavior at the jets’ outlet which is 

reduced with entrainment downstream. When the pitch is 

constant and the coil length is increased, asymmetry is reduced 

and the coil acts as a weak swirl generator, increasing the mean 

velocity at the jet mid-section and narrowing the jet. 
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ABSTRACT 
In this paper, a numerical simulation of the boiling over 

circular and elliptical surfaces has been performed to capture 

effect in vapour dynamics and heat transfer characteristics. The 

volume of fluid (VOF) with a suppressed interface tracking 

method has been adopted to predict more precise bubble 

dynamics. The PIMPLE algorithm is used to solve coupled 

velocity-pressure equations. The presented model has been 

compared with the results reported in the literature and have been 

found in good agreement. Two elliptical surfaces (E1 and E2) 

with three orientations (0° 45° and 90°) have been considered to 

investigate the surface curvature impact on the saturated pool 

boiling at atmospheric conditions. The boiling heat transfer study 

is performed over a wide range of degrees of superheat (50 K to 

500 K). The vapour sliding over the surface and bubble 

formation has been visualized through pictorial representation. 

The vapour retention at the surface influences the thermal 

characteristics, hence investigated. Along with fluid 

mechanisms, heat transfer characteristics have been reported in 

terms of Nusselt number and compared with the circular surface. 

FFT of the void fraction at the surface and average Nusselt 

numbers show the dominance characteristics. It is concluded that 

curvature and orientation play a critical role in fluid dynamics, 

heat transfer and vapour volume production. 

INTRODUCTION 
Boiling is a commonly occurring, yet a complex 

phenomenon with limited temporal spatial dynamic 

understanding. The research interest in boiling stems from its 

vast area of applications like nuclear and thermal power plants, 

air conditioning, refrigeration, geysers, solar water heaters, 

rocket motors, food processing, electronics cooling, and other 

aide industries. Boiling is an efficient and quick way to achieve 

a high heat transfer rate. 

The different boiling regimes in the boiling curve can be 

identified as Natural convection, Nucleate, Transition and Film 

boiling Auracher and Marquardt [1]. Recently, Amidu and Kim 

[2] developed a hybrid wall boiling model for nucleate regime

and validated experimental results. Their work demonstrated the

existence of nucleate bubbles and slugs, markedly different on

length scales. Another recent state of the art model targeting film

boiling was developed and validated by Okawa and Furuya [3].

The study focussed on minimum film boiling temperature (Tmin)

and investigating correlations for the same. A latest study on

Inverted annular film boiling, post CHF was investigated

numerically by Liu and Sun [4]. Over the years, there has been

an increased interest in industry specific geometries and

objective-driven configurations. Typical examples include 

helical coils [5], cylinders, thin wires, electronic designs, and 

inclined configurations ranging from vertical to horizontal. 

Experimental studies including helical coils targeting predictive 

correlations for onset of subcooled flow boiling was conducted 

by Chen et al. [6]. An in-depth analysis for cylindrical rods of 

different materials was performed by [7]. An experimental 

analysis of pool boiling in confined and unconfined space has 

been reported by Tian [8]. A distinguished two-phase flow 

pattern was observed along the vertical tube. Xia et al. [9] 

picturized two-phase boiling instability in micro-channels with 

straight and triangular corrugations. It was concluded that 

instable boiling zones expanded to 42.1 % with increasing inlet 

temperature from 150C to 450C. 

The present model is developed using the fundamentals of 

boiling heat transfer such as bubble dynamics, velocity 

distribution and vapour retention over the smooth circular and 

elliptical surfaces. The inherent phenomenon like bubble 

formation, pinch-off, bubble hydrodynamics and vapour 

retention over the surface have been thoroughly investigated. To 

estimate the effect of curvature and orientation heat transfer in 

the form of Nusselt number was quantified. 

NOMENCLATURE 
𝐶 Specific heat capacity (J/kg.K) 

𝐶𝑝 Specific heat capacity at constant pressure (J/kg.K) 

�⃗� Gravitational acceleration (m/s2) 

h Heat transfer coefficient (W/m2K) 

𝐻𝐿𝐺 Latent heat of vapourization (J/kg) 

𝑘 Thermal conductivity (W/m.K) 

𝐿𝑐 Characteristic length (m) 

�̇�′′′ Volumetric rate of phase change (m3/s) 

Nu Nusselt number (−) 

𝑝 Pressure (N/m²) 

r Arc radius (m) 

𝑅 Universal gas constant (J/Kmol) 

𝑇 Temperature field (K) 

�⃗⃗⃗� Velocity field (m/s) 

𝑉 Volume of individual cell (m3) 

�̇�’’ Volume flux (m/s) 

𝑡 Time (s) 

Greek Letters 

𝛼𝐿 Liquid phase fraction 

𝜅 Interface curvature 

𝜌 Density (kg/m3) 

𝜎 Surface tension (N/m) 

𝜇 Viscosity (N/m2) 

𝛿 Curvature ratio (= A/B, −) 

Subscript 

G Gas 
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L Liquid 

sat Saturation 

w Heated wall 

NUMERICAL METHOD 
The time varying interface tracking with spatial location is 

key parameter in multiphase numerical modelling. In the present 

work, volume of fluid (VOF) along with phase change 

algorithms has been adopted to predict vapour dynamics over a 

spherical surface. The governing equations solved for mass, 

momentum, phase fraction and energy are as follows: 

Equation of Continuity 
∂

∂t
(ρ) +  ∇. (ρU⃗⃗⃗) = 0 (1) 

The phase fraction (αL) is defined as  

αL(x⃗⃗ , t) =  
VLiq

V
 (2) 

The phase fraction (αL) is the time-dependent space variable 

in the mass transfer operation in the boiling, can be explained as   
∂αL

∂t
+ U⃗⃗⃗ . ∇αL +  ∇ . ((1 − αL) αLU⃗⃗⃗c)

=  −ṁ′′′ [
1

ρL

+ αL (
1

ρG

−
1

ρL

)] 

(3) 

where U⃗⃗⃗c is compressive velocity in the normal direction to 

the interface and can be defined as  

U⃗⃗⃗c = max|U|
∇αL

|∇αL|
 (4) 

The phase change model, proposed by Tanasawa [10], has 

been used to evaluate the thermodynamic value  ṁ′′′ at the 

liquid–vapour interface and can be expressed as 

ṁ′′′ = 2√
1

2πR

ρG(T − Tsat)HLG

Tsat
3 2⁄

∇αL (5) 

where Tsat represents localized saturation temperature, and 

HLG is the latent heat of vaporization. The momentum equation 

used accounted all the acting forces:  
 

∂(ρU⃗⃗⃗)

∂t
+ ∇. (ρU⃗⃗⃗U⃗⃗⃗)

= − ∇p + ρg⃗⃗ + ∇. (μ(∇U⃗⃗⃗T + ∇U⃗⃗⃗ ))

+  σκ∇αL 

(6) 

The curvature calculation at the interface is calculated by the 

following equation: 

κ =  −∇ . (
∇αL̃

|∇αL̃|
) (7) 

To suppress the spurious currents, smoothing of αL has been 

performed which is modified and recalculated as αL̃ . 

The pressure-mass coupling equation for incompressible 

fluid used in the computation is as follows: 

∇ . (
1

AD

 ∇p) =  ṁ′′′ (
1

ρL

−
1

ρG

) +  ∇ . V̇′′ (8) 

The energy conversation equation for the liquid-vapour 

phase change system employed is as follows: 

∂

∂t
(T) +  ∇ . (U⃗⃗⃗T)

− ∇ . (
kG(1 − αL)  +  kLαL

ρGCG(1 − αL)  + ρLCLαL

∇T)

=  − 
1

ρGCG(1 − αL)  +  ρLCLαL

ṁ′′′  

×  (HLG +  Tsat(CL − CG)) 

(9) 

In general, the thermophysical properties (y); density (), 

viscosity (), specific heat (cp) and thermal conductivity (k) of 

binary immiscible fluids can be computed by phase fraction 

weighted average: 

y =  yG(1 − αL) +  αLyL (10) 

 

The Nusselt number is calculated using following equation 

hL

k
=  

∂(Tw − T)
∂y

⌋
y=0

(Tw − T∞)
Lc

 (11) 

 

COMPUTATIONAL ALGORITHM 

The current implementation has been carried out in 

OpenFOAM 2.2.0. Modified two-phase flow solver InterFOAM 

has been used to include the energy equations along with mass 

transfer model proposed by Tanasawa [10]. The Structured 

meshing has been adopted for the discretization of the 

computational domain. Boundary layers are implemented at the 

surface of heating wall precise and accurate prediction of the 

vapour sliding and heat transfer characteristics. In the following 

step, initial boundary conditions are imposed over the domain. 

MULES (Multidimensional Universal Limiter with Explicit 

Solver) method based on flux corrected transport method is used 

to obtain the discretized volume fraction advection [11] The 

velocity and pressure coupling equation is solved by the 

combined form of PISO  [12] and SIMPLE schemes [13] which 

is referred to as PIMPLE. In order to avoid a checker boarding 

effect in the momentum equation, the Rhie-Chow momentum 

interpolation [14] algorithm is employed. For the better stability 

of the solutions, adapting time step based courant number [15]  

is imposed with limit of maximum courant number of 0.25. 

 

GEOMETRY AND BOUNDARY CONDITIONS 

A two-dimensional domain of 3070 mm2 has been used to 

simulate the boiling over the heated surface having equivalent 

diameter of 6.35mm at degree of superheat (T) 50K. Figure 

1(i) represents the schematic of the computational domain and 

adopted mesh topology for the simulation. Three elliptical 

geometries with the aspect ratio (height/width) i.e., 1, 2, 3 have 

been used for present study and shown in Figure 1(ii). Along 

with aspect ratio, the orientation of the geometry has been 

changed also. Three orientations ( = 0, 45 and 90) with 

respect to buoyancy direction considered for investigate its 

change on the boiling phenomena (Figure 1(iii)). Boundary 

layers near the heated surface were considered to investigate 

insight details of the vapour sliding over the surface. No-slip 

boundary condition was imposed over the walls. Pressure 

outflow condition was assigned to top face of the computational 

domain to allow easy vapour exit. The degree of superheat was 
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kept constant at 50K. Dirichlet boundary condition was used for 

the temperature fields over the surface. The initial temperature 

of the liquid in the domain was kept at saturation temperature, 

i.e. 373.15 K at atmospheric pressure. The convergence criterion 

of 10-8 was taken in solving all the governing equations. 

 
(i) 

 
(ii) 

 
(iii) 

Figure 1 Schematics of the (i) Domain and grid topology 

(ii) Curvature (iii) Orientation of heated surface 

 

GRID INDEPENDENCE TEST AND METHODOLOGY 

VALIDATION 

The grid independence test has been conducted separately to 

investigate interface variation with the grid size. The 

discretisation of the 0.42 cm2 rectangular domain was done with 

three different grid densities. The interface of single bubble 

growth was observed for all three grid densities along with 

computational time. The observed bubble diameter and the 

computational time variation with cell density are shown in 

Figure 2(a). The inset picture in Figure 2(a) shows a vapour-

liquid interface at the different grids. The bubble diameters for 

grids 2 and 3 are nearly same and the vapour-liquid interfaces 

obtained with grids 2 and 3 are having negligible difference. 

Further, bubble growth rate from all considered grids is 

compared with well-known correlation given by Plesset and 

Zwick [16] as shown in Figure 2(b).  Therefore, based on the 

observation mentioned above, grid 2 was adopted for further 

simulations.  

Tomar et al. [17] presented volume of fluid (VOF) model with 

coupled level-set method for incompressible two-phase flow. 

Bubble growth during water boiling was predicted near critical 

pressure with various degrees of superheat. The same vapour–

liquid interface (Figure 3(a)) prediction was replicated through 

present model. Berenson [18] derived an analytical expression 

for heat transfer coefficient for boiling over horizontal surface. 

Thus, the thermal characteristic of the current modelling 

approach is validated with the Berenson’s correlation in the form 

of Nusselt number (Figure 3(b)). A fairly good agreement was 

found between the present predictions with Tomar et al.’s work 

and Berenson’s correlation. Hence, the modelling approach 

mentioned above was used to further analyse boiling 

characteristics over a spherical and elliptical surface. 

 
(a) 

 
(b) 

Figure 2 (a) Computational time, bubble diameter and vapour-

liquid interface (figure in inset) variation with grid density (b) 

comparison of bubble growth with Plesset and Zwick 

correlation 
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(a)  

 
(b) 

Figure 3 Comparison of present work with (a)Tomar et al. [17] 

work on bubble interface during pool boiling (b) Berenson’s 

(1961)[18] correlation for Nusselt number.  

RESULTS 
The present study demonstrates the effect of the curvature 

and orientation of elliptical surface during the pool saturated 

boiling phenomena. It is further compared with vapour  

dynamics and heat transfer characteristics of circular surface. 

The vapour dynamics and heat transfer characteristics are highly 

influenced by the curvature and orientation of the surface and 

discussed. The degree of superheat (T) of 50K and peripheral 

surface were kept constant as a datum parameter in all cases.  

 

Effect of Curvature 

Although the peripheral surface is constant, the volume of 

generated vapour changes with the curvature of the surface due 

to change in the vapour dynamics over the surface. The temporal 

vapour dynamics over the three curvatures; 1) Circular ( = 1), 

2) Ellipse1 ( = 2), and 3) Ellipse2 ( = 3) is demonstrate in 

Figure 4(a). It can be observed that there is drastic change in 

vapour dynamics due to lateral sliding of the vapour over the 

surface. The direction of the spatial buoyancy force and surface 

normal direct the sliding of the vapour over the surface. Higher 

the curvature, more will be lateral sliding of vapour. The 

difference in the sliding of vapour differs the bubble pinch-off 

volume and time. Ellipse1 and ellipse 2 generates 60.31% and 

64.19% more vapour volume as compared to circular surface (t 

= 0.24). The volume generation with respect to time has been 

shown in Figure 4(b).  

 
(a) 

 
(b) 

Figure 4 Effect of curvature (a) vapour dynamics (b) 

vapour volume generation 

 

 

Effect of Orientation 

The orientation of the geometry also plays important role in 

the vapour dynamics during the boiling phenomena. Three 

different angles () 0, 45 and 90 chosen to estimate effect of 

orientation on the vapour dynamics and demonstrated in the 

Figure 5(a). The orientation of the elliptical surface changes the 

lateral sliding of the vapour over the surface due to directional 

parameter of buoyancy and surface normal, hence vapour exhibit 

different dynamics. Ellipse1 with 0 angle produce 110% more 

vapour than Ellipse1 with 90 angle. Ellipse1 with 90 angle 

produces less vapour volume than circular surface during the 

boiling phenomena.  The lower section of the Ellipse1 with 90 

trapped the vapour as buoyance becomes against to surface 

normal, thus there is vapour blanketing over the surface. The 

Nusselt number decreases due to the vapour blanketing over the 

surface. Same has been depicted in the Figure 5 below.  
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(a) 

 
(b) 

 
(c) 

Figure 5 Effect of orientation (a) vapour dynamics (b) 

vapour volume generation (c) Nusselt number 

 

Pinch-off Time and Diameter 

 The curvature and orientation have great impact on the 

vapour dynamics; hence it changes the initial bubble pinch-off 

volume and time. Figure 6 shows the change in initial bubble 

pinch-off time and equivalent diameter due to curvature of the 

heated surface and orientation. It can be observed that as 

curvature changes from the circular to elliptical, the pinch-off 

time and equivalent diameter of initial bubble also increases. 

Whereas as orientation increase the initial bubble diameter 

decreases due to limited vapour sliding and vapour accumulation 

over the surface. Ellipse 2 with 900 orientation possess least 

bubble departure diameter due to vapour trapped in bottom of the 

surface, where buoyance act in opposite direction of the surface 

normal. 

  

 

 
(a) 

 
(b) 

Figure 6 Pinch-off time of initial bubble and equivalent 

diameter (a) Effect of curvature (b) Effect of Orientation  

 

CONCLUSION  
 

In this study, boiling phenomena over circular and elliptical 

surface have numerically simulated with different curvature and 

orientation. The multiphase flow dynamics in boiling was 

reported at different temporal scale. The curvature and 

orientation have strong influence over the vapour film dynamics, 

bubble formation, growth and pinch-off from the spherical 

surface. The vapour film dynamics during the bubble formation 

and pinch-off has been observed and discussed. Bubble pinch-

off time has dependency on vapour film dynamics over the 

surface and vapour generation rate due to curvature and 

orientation. The outcome of the present study may be highly 
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useful for the process engineers and scientists to design more 

effective and efficient process equipment for boiling over 

circular and elliptical surfaces. 
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ABSTRACT 
The process of steel re-heating is very energy-intensive. It is 

achieved by burning high calorific value fuel gas with the 

primary components being hydrogen, methane and other 

hydrocarbons. The combustion of these hydrocarbons is a 

major concern for the steel industry due to increased sanctions 

on carbon emissions and global warming in general. The most 

important concern in steel reheating is the temperature 

uniformity of the charge (slabs or billets) at the end of the 

reheating process. Some of the causes of these uniformities are 

skid marks (caused by the water-cooled skids), scale formation 

due to oxidation of steel and inter-slab heat transfer to name a 

few. This paper focuses on studying the scale formation 

process. The scale is an oxidised layer of ferrous oxide with a 

lower thermal conductivity that forms on the surface of the 

steel. This naturally interferes with the reheating process and 

leads to colder temperatures on the sites with a higher 

concentration of scales. Material loss in the form of scales is a 

lesser concern than the temperature distribution inside the slab, 

but important nonetheless. Thus understanding scale formation 

in the reheating process has become more important in recent 

years. Computational Fluid Dynamics (CFD) models are very 

useful in this regard and significant research has been done in 

the field. Most models either model the entire furnace (full-

scale transient models [1]) or model a layer of flue gas in order 

to obtain the gas temperatures which is one of the parameters in 

the scale growth model [2]. This paper aims at understanding 

the effects of scale formation on the slab reheating process. The 

scale model adopted in this paper is based on experimentally 

determined linear and parabolic rate constants for low carbon 

steel conducted by Abuluwefa et. al. [3]. This paper uses a 

novel methodology called the truncated transient slab model 

(TTSM), which recreates the immediate environment around a 

slab that is under consideration. It uses the flow and 

temperature data obtained from a full-scale steady-state model 

for a furnace. The methodology is adopted from the works of 

Ahmed et.al [4]. This slab environment is updated at every slab 

position until the end of the reheating process. The scale model 

is implemented using a wall thickness boundary condition on 

the slab surface. The scale thickness is calculated using a scale 

growth model and a cumulative scale thickness is assigned as a 

boundary condition on the slab surface and is updated at every 

slab position. It is observed that the low thermal conductivity of 

the scale layer leads to an average drop of about 50°C for a slab 

reheating time of 173minutes.  

INTRODUCTION 
A reheat furnace is an industrial installation used for the 

reheating of steel in the process of steelmaking. It is a long 

insulated enclosure fitted with burners that burn gases in order 

to attain very high temperatures of the order of 1200 °C. 

Attaining such high temperatures requires an enormous amount 

of energy and more importantly, an equivalent amount of CO2 

is also produced as a by-product. This is an essential step in the 

steel making process, hence the motivation to make the process 

as energy-efficient as possible. Figure 1 shows the schematic of 

a typical furnace, it is divided into three zones: the pre-heating 

zone, the heating zone and the soaking zone. Heating is 

primarily achieved through radiative heat transfer with a small 

portion of it attributed to convective heat transfer in the 

preheating zone [5]. The preheating zone is devoid of burners 

and the slabs stationed here receive their heat from the hot flue 

gases originating in the heating zone. The heating zone is 

equipped with high power burners which burn high heating 

value gases and the resulting flames are a source of very high 

radiative heat fluxes. The final zone inside the furnace is the 

soaking zone which is equipped with low powered burners and 

the objective of this zone is to rid the slab of any temperature 

non-uniformities. These burners are extremely energy-intensive 

and therein lies the motivation to increase the efficiency of the 

reheating process. 

NOMENCLATURE 

x [m]or[mm] Scale thickness 
kl [-] Linear rate constant 

kp [%] Parabolic rate constant 

k [W/mK] Thermal conductivity 

T [°C] Temperature 

ρ [Kg/m3] Density 

t [s] Slab residence time 
x [m] Cartesian axis direction 

y [m] Cartesian axis direction 
z [m] Cartesian axis direction 

σ [W/mK] Specific heat 
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Figure 1 Schematic of reheat furnace  

 

There are many hurdles in the reheating process that reduce 

its efficiency. The primary objective of the reheating process is 

to produce a slab that is suitable for the rolling operations. In 

the rolling process temperature uniformity in the charge that is 

reheated is very important because any non-uniformity in 

temperature leads to quality issues in the end product. In order 

to attain temperature uniformity, the charge is stationed in the 

soaking zone of the furnace longer than it should ideally be. So 

most inefficiencies related to the process are directly or 

indirectly associated with the temperature of the charge. Some 

of the important concerns related to the charge are skid marks 

on the charge (typically slabs), scale formation on the charge 

surface, inter-slab heat transfer, etc. The skid marks are local 

cold spots on the slabs that are caused by their contact with the 

water-cooled skids. Typically this problem is solved by 

changing the position of the skids in the soaking zone of the 

furnace. Inter-slab heat transfer i.e. the preceding (hotter) slab 

acting as a heat source for the succeeding (colder) slab. This 

results in temperature gradients between the front face and the 

back face of the slab. Scales are layers of oxides that are 

formed on the surface of metals at high temperatures. In the 

case of steel, the process starts at about 500°C. This paper is 

concerned with the process of scale formation, how it affects 

the charge (slab) temperature and how can be implemented in a 

novel modelling methodology in order to study the reheating 

process.  

The process of scale formation starts with the initial 

absorption of oxygen on the steel surface followed by 

nucleation and formation of the oxide layer, which then grows 

and later cracks [6]. The mechanism of scale formation will be 

discussed in detail in the later sections. The presence of a layer 

of scale on the surface of the slabs is detrimental to the steel 

reheating process. This is due to the very low thermal 

conductivity of the scale layer compared to the steel slab. The 

formation of the scale layer also depends on the local 

temperature and oxygen concentration in the flue gas 

environment. 

 The influence of the local gas composition and 

temperature on the scale formation process is taken into 

account by the linear and parabolic rate constants as shown in 

Figure 2 [7]. Initially, a linear rate law applies and as the scale 

grows thicker (beyond 0.4-0.5mm [3]) a parabolic rate law is 

normally applicable. These rate constants are determined 

experimentally with different steel grades, oxidation times and 

flue gas environments. These rate constants along with 

oxidation time determine the scale thickness. The presence of a 

scale layer of low thermal conductivity, therefore, leads to non-

uniform heating of the slabs. Numerous studies have been 

conducted in order to study the process of scale formation and 

some of them will be discussed in this paper. 

 

 

Figure 2 Scale formation on slab surface [7] 

Both experimental and numerical studies have been 

conducted in order to shed light on the scale formation process. 

Experimental studies are crucial in the understanding of the 

scale formation process because they serve as an input for the 

numerical models which can explain the process with very high 

resolution. The work of Kim [6] is based on the experimental 

work conducted by Chen [8]. Chen conducted an experimental 

campaign on the oxidation behaviour of pure iron and carbon 

steels. In the study, oxidation behaviour above 700°C was 

studied because Chen reported that below 700°C the results 

were very inconsistent. Based on the experiments the parabolic 

rate constants and the overall scaling rate constants were 

determined. Kim [6] adopted the formulation of the overall rate 

constant for pure iron that was obtained by Chen in the study of 

scale formation in reheating furnaces. This scale model was 

then adapted to the finite volume formulation for the reheat 

furnace and scale thicknesses were estimated along with the 

effect of the scale layer on the temperature distribution in the 

slab. Experiments were also conducted inside the furnace to 

validate the evolution of slab temperatures inside the furnace. 

Schluckner [9] and Prieler’s [2] work is based on the 

experiments conducted by Sobotka [10]. Schlucknre [9] 

conducted experiments on a lab-scale furnace to validate the 

CFD model for the oxidation behaviour of mild steel at high 

temperatures. Prieler [2] studied scale formation in the 

reheating of steel tubes. These studies analysed the effect of 

oxygen-enriched environments on the scale formation process. 

They were based on the experiments conducted by Sobotka  

[10] wherein he analysed the linear and parabolic oxidation rate 

constants for different grades of steel in different oxidising 

environments. Xiang [7] modelled scale formation behaviour 

on a slab inside a reheating furnace using a full-scale transient 

model. The linear and parabolic rate constants were obtained 

from the experiments conducted by Abuluwefa [3] on low 

carbon steel. 

This paper is based on the model used by Xiang [7] and 

the rate constants were obtained from Abuluwefa [3]. In this 

work, an average scale thickness is modelled which is applied 

as a wall thermal resistance in order to study the effect of a 

scale layer on the temperature distribution inside the slab. The 

methodology used is similar to the one proposed by Ahmed [4] 

to obtain slab cross-sectional temperatures during the slab 

reheating process. In this paper, the TTSM is coupled with a 

simplified scale model in order to understand the effects of 

scale formation on the slab heating characteristics. The scale 

model is also simplified in terms of exclusion of the effects of 
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the local variation of the scale thickness based on the surface 

temperature of the slab.  

MODELLING METHODOLOGY 
 

The details of the computational domain used for the 

steady-state model is shown in Figure 3. It is based on the 

furnace currently in operation at ArcelorMittal Gent. It is fitted 

with flameless burners in the heating and soaking zones, while 

in the recuperative zone regenerative burners are installed. The 

water-cooled skids are also modelled in detail in this model. A 

discussion on the operation of the different types of burners is 

out of the scope of this paper. The most important boundary 

conditions for the steady-state model consist of burner flow 

rates, a uniform slab temperature profile, cooling water 

temperature for the skids, etc. These boundary conditions are 

described in detail in the works of Ahmed et. al [11].  

 

Figure 3 Computational domain for the steady-state model  

The domain for the TTSM represents the immediate 

environment around a slab and is shown in Figure 4. The 

domain for the TTSM consists of a domain inlet and outlet, two 

slabs in front and behind the slab, under consideration and skid 

beams along with rider blocks on which slabs rest during the 

reheating process. The height of the domain depends on the 

position of the slab inside the furnace. There are three different 

heights in the furnace and a domain with different heights is 

used in each of these sections. The length of the domain is 

selected to accommodate three slabs in order to model the 

effects of inter-slab heat transfer and to have sufficient furnace 

wall surfaces which also act as heat sources. The dimensions of 

the slab used in both models are 9.7m x 1.3m x 0.22m. The 

boundary conditions for the TTSM consist of furnace wall 

temperatures, inlet flow velocity and temperature profile and 

heat fluxes at the skid slab contact at the rider. In the TTSM 

these boundary conditions are updated for every slab position in 

order to recreate the new environment when the slab moves 

forward along the reheating process. This update is calculated 

by dividing the total residence time of the slab in the furnace by 

the total number of slabs that can be accommodated inside the 

furnace. In this scenario, the reheating time is about 3.5 hours 

with a total capacity of 45 slabs.    

 

 

 

 

 
Figure 4 Computational domain for the TTSM 

 

The computational grid of the furnace is unstructured and 

consists of 74.20 million tetrahedral cells. At the slab surface, a 

fine grid is used with a minimum cell edge length of 0.05m (for 

a slab length of 9.7m). A minimum cell edge length of 0.25m is 

used for the rest of the furnace zone. The minimum edge length 

of the cells used in the skid zone was also 0.05m and for the 

rider block zones, it was further reduced to 0.015m. The mesh 

was further refined in regions of high curvature, especially at 

the burners. Figure 5 shows the grid near the low power burners 

and on the slab cross-section. 

 

 

Figure 5 Details of the grid used in the steady-state 

simulations on the low power burners (left) and slabs (right).  

The mesh for the truncated domain consists of about 0.9 million 

cells.  The grid features mesh qualities similar to the grid used 

in the steady-state model but is much smaller thanks to the 

reduced domain size and simplifications made to the skid 

geometry. In the truncated domain the skids are beams attached 

to the slabs and are only extended to the width of the slab. Skid 

posts and conduction inside the skids are also not modelled. In 

the steady-state model, the skids are discretized to the same 

resolution as the slabs and therefore is a substantial contributor 

to the overall cell count.  The cell size in the bulk flow is 0.23m 

and cells on the slab surface are refined to 0.05m. 

The combustion in the burners is modelled using the non-

premixed combustion model. The burners have different 

streams for oxidiser and fuel and in the steady model, there is 

no mixing at the molecular level. The chemical equilibrium 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 782 of 1061



    

state relation is used to model to account for the combustion 

and detailed chemical kinetics are neglected [11]. The discrete 

ordinate radiation model is used along with the weighted sum 

of grey gas model. The Realisable k-ε turbulence is used for its 

numerical efficiency along with high accuracy.   

The scale model used in this study is adopted from the 

works of Xiang et al. [7] The mechanism of scale formation is 

very complex and includes various layers with different 

compositions. However, practically most of the scale is 

composed of the oxide Wustite (FeO) at 96% of the total mass 

of the scale [6]. Therefore in order to simplify the model, the 

scale layer is considered to be composed entirely of Wustite. 

The growth of the scale layer follows two primary mechanisms 

as previously stated, the linear rate law and the parabolic rate 

law. These laws are based on experimentally determined 

constants and in this work these were obtained from the 

experiments conducted by Abuluwefa et. al [3]. These 

constants can then be used to evaluate the thickness of the scale 

layer using the following equation.   

 
1

𝑘𝑙
𝑥 +

1

𝑘𝑙
𝑥2 = 𝑡 

 
Where k_l is the linear rate constant, k_p is the parabolic rate 

constant, x is the scale thickness and t is the residence time of 

the slab inside the furnace. The above equation is solved for 

every time step in order to calculate the thickness of the scale 

layer formed at that particular time step. Table 1 shows the 

different rate constants used to model the scale layer thickness. 

The rate constants below 900°C are considered to be the same 

as 900°C. 

 

Temperature 

[°C] kl kp 

900 2.3 5.01 E-08 

950 2.26 6.28 E-07 

1000 3.1 1.08 E-06 

1050 3.27 1.16 E-06 

1100 5.22 1.74 E-06 

1150 4.13 2.89 E-06 
 

Table 1 Rate constants for oxidation of low carbon steel 

during reheating  

The cumulative layer of the scale for every slab position is 

then calculated and applied as a wall thickness boundary 

condition on the slab surface. This boundary condition does not 

take into account the variable thermal properties of the scale 

with temperature. The layer is also applied uniformly on the 

entirety of the slab surface area except at the points of contact 

with the skids. Figure 6 plots the evolution of the scale 

thickness for the different slab positions. 

 

 
Figure 6 Evolution of scale thickness for different slab 

positions along the reheating process 

 

MATERIAL PROPERTIES 
 

The material properties of the furnace components like gas 

composition, furnace walls, rider blocks, etc are obtained from 

Ahmed [11]. Similarly, the thermal properties of the steel used 

in these simulations are obtained from Ahmed [4]. The 

properties of the scale layer are considered to be constant with a 

constant thermal conductivity(k) of 3.2 W/mK, specific heat(̛̛̛̛σ) 

of 725 J/KgK and a density(ρ) of 7750 Kg/m3 [6].    

 

RESULTS AND DISCUSSIONS 
 

The temperature evolution of the slab along the reheating 

process is significantly affected due to the presence of the scale 

layer. This is primarily due to the large difference in thermal 

conductivity between the slab and the scale layer. The thickness 

of the scale also has a huge impact on the temperature drop. 

Figure 7 shows the temperature evolution of the slab during the 

reheating process. The slab reheating is simulated until the end 

of the heating zone because as the slab enters the soaking zone 

the differences between a slab with and without scale are much 

less. This trend can be clearly observed in Figure 7. 

 
Figure 7 Comparison between the temperature evolution of a 

slab with  and a slab without scale 

The largest differences between the two profiles are observed 

when the slab enters the regenerative and heating zone. Here 
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the slab temperature increases leading to rapid growth of the 

thickness of the scale layer. The scale layer then acts as an 

insulating barrier and inhibits heat transfer into the slab. This is 

the reason why when the slab is in the pre-heating zone the 

influence of the scale is much less.  

The average temperature difference between the two cases is 

about 50 °C on the surface of the slab. This difference widens 

as we move closer to the burners when the slab surface 

temperature is very high. The maximum differences observed 

were about 90 °C.  

w/o-Scalew-Scale

 
Figure 8 Slab cross-sectional temperature at slab position 27 

(40m from the charging door) 

Figure 8 shows the cross-sectional temperature at slab 

position 27 which is about 40m from the charging door. The 

effect of the scale layer is very obvious in the contour plots in 

Figure 8. This is because it a difficult to show a temperature 

difference of 50°C. But as we move further down the reheating 

process the difference becomes more obvious. 

Figure 9 shows the temperature at slab position 36 which is 

almost at the end of the heating zone. Here the temperature 

differences are quite prominent. The dissolution of the cold 

spots generated by the water-cooled skids is normalised in the 

case without scales due to the higher temperatures.    

w/o-Scalew-Scale

 
Figure 9 Slab cross-sectional temperature at slab position 36 

(53m from the charging door) 

 

CONCLUSION  
 

In this work, a scale model is implemented using a novel 

methodology called the truncated transient slab model (TTSM). 

It is a coupled model which models the immediate environment 

around the slab in a smaller subdomain. It obtains the boundary 

conditions for the subdomain from a full-scale steady-state 

simulation of a furnace. The scale model is implemented in the 

form of a scale thickness. The scale thickness is calculated 

based on experimentally determined linear and parabolic rate 

constants which were obtained from the literature. Once the 

scale model is implemented the slab reheating process is 

simulated until the end of the heating zone. The simulation 

results were analysed until the end of the heating zone because 

beyond this point the slab receives very limited heat flux and 

the effect of the scale layer is limited. The results of the 

simulation were compared to a case without scales and it was 

found that on average the temperature difference between the 

two cases is about 50 °C, with a maximum of about 90°C. The 

results were compared on both the surface temperature 

evolution of the slab and at two fixed instances. The influence 

of the scale layer on the temperature evolution was very clear. 

But due to the smaller temperature differences in the preheating 

zone, the effects of the scale are less important. However when 

the slab enters the burner zones the scale thickness increases 

due to the high surface temperature of the slab and thus the 

insulating effect of the scale becomes more prominent.  
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ABSTRACT
Using a numerical model, this study provides statistics on the

droplets conditions at their first impact with the chamber sur-
faces during the spray drying process of whole milk droplets.
The droplet evaporation process was simulated by using a com-
prehensive four-stage model that was then coupled with an Euler-
Lagrange model to track the motion of droplets within the dryer
as they dry. The effects of the initial droplet size on the impact
angle, velocity magnitude and moisture content at the time of
first impact are examined. The results which are presented in
terms of the percentage of the deposited droplets, showed that
under a similar condition, increasing the droplet size increased
the moisture content of the deposited droplets. Additionally, the
larger droplets generally hit the chamber surfaces at higher im-
pact velocities and impact angles.

INTRODUCTION
Spray drying is a commonly used method of rapidly produc-

ing dry powder from liquids or slurries. This process involves
atomising the liquid into hot air and evaporating the droplets in
a drying chamber. It is utilised across a range of industries, in-
cluding the dairy industry to produce milk powder in order to
extend the shelf life of the product and make it more dense for
transportation [1]. The details of the spray drying process play an
important role in determining the character of the powder that is
produced, and by extension, the quality of the final product. Even
though complete evaporation is preferred, partially wet droplets
may readily deposit on the surface of the chamber in some cases.
The accumulation of partially dried particles has been associated
with biofouling, which drastically reduces the efficiency of the
process and poses a considerable health and safety hazard, as
well as affecting the quality of the final powder [2]. For the pur-
pose of optimising the spray drying process and minimising the
risk of poor product drying, it is important to develop a model
to analyse how key process parameters affect the wall deposit
during the process [3].

Simulations using Computational Fluid Dynamics (CFD) are
often used to provide an in-depth understanding of the spray dry-

NOMENCLATURE

c [kg m−3] Solute mass concentration
cp [J kg−1K−1] Specific heat capacity
Dv [m2 s−1] Vapour diffusivity
h [W m−2K−1] Convective heat transfer coefficient
h f g [J kg−1] Specific heat of evaporation
kd [W m−1K−1] Droplet thermal conductivity
m [kg] Mass
T [K] Temperature
Nu [-] Nusselt number
Sh [-] Sherwood number
r [m] Radial position
t [s] Time
u [m/s] Velocity
x [-] Mass fraction

Special characters
β [-] Empirical exponent coefficient
ρ [kg m−3] Density
µ [Pa s] Dynamic viscosity
µT [m2 s−1] Turbulent viscosity
ε [-] Porosity
εT [m2 s−3] Turbulent dissipation rate

Subscripts
cr Crust
d Droplet
i Interface between wet-core and crust
s Solute
sur Surface
w Water/moisture
wc Wet-core
0 Initial condition

ing process. Having this understanding can be extremely useful
in designing and operating new spray dryers in addition to im-
proving the existing system [4]. This can be achieved through nu-
merical simulation including several sub-models, each represent-
ing a different physical aspect of the process; CFD simulation of
airflow pattern, particle tracking, droplet evaporation, agglomer-
ation/coalescence, and particle wall deposition [1]. To achieve
accuracy, these numerical components must be coupled bidirec-
tionally, however, due to the non-linear complexity of the simu-
lation, some researchers make simplifications by assuming uni-
directional coupling and/or neglecting some of the sub-models.

Researchers have used CFD to investigate wall deposition in
spray drying processes. A CFD model was developed by Keshani

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 786 of 1061



Figure 1: Coupling of sub-models; arrows indicate the direction
of the one-way coupling

et al. [5] to study the effects of different spray dryer geometries
(conical and parabolic bottoms) on wall deposition. In accor-
dance with their results, the vorticity in the conical bottom design
is greater, thereby increasing deposition on the top and middle ar-
eas of the spray dryer. They concluded that the parabolic design
of the bottom of the spray dryer can enhance drying performance
by reducing the rate of deposition on the walls of the spray dryer.
Alwan et al. [6] evaluated the performance of a spray dryer us-
ing CFD under a variety of geometrical and operating conditions.
The authors quantified the performance of the chamber by calcu-
lating particle deposition on its walls. According to their find-
ings, larger spray angles and smaller drying chamber diameters
led to higher particle deposition fluxes. In another research, Jin
et al. [7] used CFD to examine the effect of droplet size, so-
lute content, airflow temperature, relative velocity, and humidity
on the wall deposition rate of milk droplets. The authors reported
the areas with high deposition rates in their industrial-scale spray
dryer. Similarly, Woo et al. [8] and Roustapour et al. [9] used
CFD to study wall deposition during the spray drying process,
though without performing a statistical analysis of the droplets
at the point of impact.

In summary, there is a lack of study in the literature that pro-
vides statistics on milk droplet wall deposition under conditions
similar to those experienced in industry. Therefore, we con-
ducted a numerical investigation using CFD simulations based
on the Euler-Lagrange framework, coupled with a droplet evap-
oration sub-model to determine the statistics on milk droplets in
interactions with the surface of a spray dryer. This study investi-
gates the effects of initial droplet size on the first impact of whole
milk droplets in a typical large-scale dairy spray dryer.

METHODS
Neglecting the particle-particle interactions in this research,

three sub-models, including droplet evaporation, airflow (Eule-
rian framework), and particle tracking (Lagrangian framework),
are coupled together to simulate spray drying of whole milk
droplets in an environment representative of real world condi-
tion. Figure 1 illustrates schematically how these sub-models are
coupled in one direction.

Droplet evaporation sub-model
A four-stage evaporation model is employed in this study to

simulate the droplet drying process until it is fully dried. This
model, developed in MATLAB, includes initial heating (Stage
1), isothermal evaporation (Stage 2), crust formation (Stage 3)
and wet-core drying (Stage 4). During the drying process, the
bulk properties of the droplet are calculated based on the prop-
erties and mass fractions of its components. Mass fraction of

water, xw, and solute, xs, are defined as [10]:

xw =
mw

mtotal
(1)

xs =
ms

mtotal
= 1− xw (2)

where subscripts s and w represents the solute and water compo-
nents of milk and m is the mass. Droplet bulk density, ρd , and
specific heat capacity, cp,d can be calculated using the weighted
average of its components [11]:

ρd =
mtotal

Vtotal
=

ρwρs

ρwxs +ρsxw
(3)

cp,d = cp,w xw + cp,s xs (4)

The temperature distribution, Td is calculated using the en-
ergy equation in spherical coordinates and solved using stage-
dependent boundary conditions [11]:

ρdcp,d
∂Td

∂t
=

kd

r2
∂

∂r

(
r2 ∂Td

∂r

)
(5)

where t is time and r is the radial coordinate. During Stage 1
(temperature adjustment), the droplet is heated or cooled (based
on its initial temperature) until reaching the wet bulb temperature
(Twb). Evaporation (Stage 2) begins at this point, and during this
stage, the temperature of the droplet is approximated to remain
constant since nearly all of the heat transfer to the droplet results
in evaporation (latent heating) rather than heating up. The rate
of evaporation and therefore shrinking rate of the droplet is gov-
erned by heat and mass transfer at this stage. For Stages 1 and
2, the appropriate boundary conditions to solve Equation 5 are
[10]:

Td(r, t = 0) = T0

∂Td

∂r

∣∣∣∣
r=0

= 0

h(Tg −Td) = kd
∂Td

∂r

∣∣∣∣
r=rd

+h f g
ṁv

Ad

(6)

where h f g, ṁv, Ad , Tg and h are water specific heat of evapo-
ration, evaporation rate, droplet outer surface area, temperature
and convective heat transfer coefficient of surrounding air, re-
spectively.
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Droplet evaporation rate depends on the difference in vapour
partial densities between the surface and free stream, and is cal-
culated using [10]:

dmd

dt
=−ṁv =−2π rd Sh Dv (ρv,sur −ρv,∞) (7)

where md , rd , Sh, Dv, ρv,sur and ρv,∞ are droplet mass, outer ra-
dius, Sherwood number, vapour diffusivity, the moisture partial
density at the droplet surface and free stream, respectively. The
outer radius change in Stage 2 can be related to the evaporation
rate using the conservation of mass [10]:

4πr2
d

drd

dt
=− ṁv

ρw
(8)

A modified Ranz-Marshall correlation is used to calculate the
Nusselt and Sherwood numbers at the liquid-gas surface of a
spherical droplet exposed to forced air flow [10]:

Nu = (2+0.6Re
1
2 Pr

1
3 )(1+B)−0.7

Sh = (2+0.6Re
1
2 Sc

1
3 )(1+B)−0.7

(9)

where Re =
2rdρgu

µg
, Pr =

νg
αg

, and Sc = ν

Dv
are the Reynolds,

Prandtl and Schmidt numbers, respectively. The coefficient B =
cpv(Tg−Tsur)

h f g
is the Spalding number, which is used to consider the

Stefan flow in the crust pores during Stages 3 and 4. Since the
crust has not yet formed during Stages 1 and 2, B = 0 at these
stages.

As evaporation proceeds, the droplet becomes concentrated,
and Stage 2 ends when the solute concentration at the droplet
surface reaches a critical level where a solid crust begins to form
[11]. At this point Stage 3 begins and the outer diameter of the
droplet remains unchanged (“locking point” with radius of rlock).
Stage 4 is initiated when the infinitesimally thin layer forms over
the entire surface of the droplet. The crust gradually grows dur-
ing this stage separating the droplet into an outer porous shell
and a wet-core inside. Wet-core moisture continues to evapo-
rate by diffusion through the pores of the crust. Accordingly, the
radius of the interface between the crust and wet-core (ri) de-
creases and the crust thickness increases, while the outer radius
(rlock) remains constant. The corresponding boundary conditions
to solve Equation 5 during Stage 4 are [11]:

∂Twc

∂r

∣∣∣∣
r=0

= 0

kcr
∂Tcr

∂r

∣∣∣∣
r=ri

= kwc
∂Twc

∂r

∣∣∣∣
r=ri

+h f g
ṁv

4πr2
i

Twc(r = ri, t) = Tcr(r = ri, t)

kcr
∂Tcr

∂r

∣∣∣∣
r=rd

= h(Tg −Tcr(r = rd , t))

(10)

The evaporation rate during Stage 4 is determined by [10]:

ṁv =− 8πεβrdriPMwDv

R(Tsur +Ti)(rd − ri)
ln

 P− pv,i

P−
(

Rṁv
4πMwhrd

2 +
pv,∞
Tg

)
Tsur


(11)

where P, pv,i, and pv,∞ are atmospheric pressure, and partial
vapour pressure at the interface and free stream, respectively.
Here Td,sur is the droplet surface temperature, R is the univer-
sal gas constant, and β is an empirical exponent coefficient. The
interface radius can then be determined using [11]:

dri

dt
=− ṁv

4πr2
i ερw

(12)

For modelling Stage 3 (when the crust is being formed), Stage 2
and Stage 4 were combined. For this purpose, a weighting factor,
Z, is defined as the ratio of the surface area covered by crust to
the total droplet surface. This factor is used to blend these stages
by linearly increasing from 0 (no crust, Stage 2) to 1 (completely
covered surface, Stage 4).

As the solvent evaporates from the surface of the droplet, the
outer local concentration of solute increases, causing the solute
to diffuse from the surface toward the centre as a result of the
gradient of concentration. Internal circulation within the evapo-
rating droplet is ignored in this study and diffusion is assumed
to be the dominant mass transfer mechanism. Therefore, Fick’s
law of diffusion is used to determine the mass transfer inside the
droplet [10]:

∂c
∂t

=
1
r2

∂

∂r

(
r2Dsl

∂c
∂r

)
(13)

where Dsl is the coefficient of solute-liquid diffusion, and c is the
solute mass concentration which is defined as:

c =
ms

Vtotal
=

ρd Vtotal xs

Vtotal
= ρd xs (14)

Initial and boundary conditions to solve Equation 13 are [10]:

c(r, t = 0) = c0

∂c
∂r

∣∣∣∣
r=0

= 0

c
dri

dt
−Dsl

∂c
∂r

∣∣∣∣
r=revp

= ρs (1− ε)
dri

dt

(15)

where revp represents the evaporating surface, which is the outer
radius of the droplet during Stage 2, and the crust/wet-core inter-
face (ri) during Stages 3 and 4.
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Euler-Lagrange model
A study of non-isothermal, steady-state airflow within a typi-

cal large-scale dairy spray dryer was carried out and then coupled
with a transient particle tracking model. In the present study,
the volume fraction of the sprayed particles into the chamber is
1.06×10−9 (less than a critical value of 1.06×10−6 [14]), which
indicates that the suspension of sprayed droplets in air is diluted.
For dilute suspensions, particle-particle interactions can be ig-
nored, and a one-way coupling between the droplets and airflow
can be used [14].

For the continuous phase of airflow within the spray dryer, the
Reynolds-Averaged Navier–Stokes (RANS), continuity and heat
equations were solved. By assuming an incompressible flow, the
continuity and momentum equations are [7]:

∇ ·u = 0 (16)

ρ(u ·∇)u = ∇ ·
[
−pI+(µ+µT )

(
∇u+(∇u)T)] (17)

where u is the time-averaged mean flow velocity, µ is the fluid
dynamic viscosity, µT is the turbulent viscosity and I is the iden-
tity matrix. The turbulent flow k− ε interface in COMSOL Mul-
tiphysics v5.6 was utilised, which employs the standard two-
equation k− ε model to simulate the turbulent effects. The tur-
bulent kinetic energy, k, is calculated using [12]:

ρ(u ·∇)k = ∇ ·
(
(µ+

µT

σk
)∇k

)
+Pk −ρεT (18)

and the turbulent dissipation, εT :

ρ(u ·∇)εT = ∇ ·
(
(µ+

µT

σε

)∇εT

)
+Cε1

εT

k
Pk −Cε2 ρ

ε2
T
k

(19)

where Pk is the production term and σε, σk, Cε1 and Cε2 are ad-
justable constants [12].

The energy equation was solved to determine the temperature
field inside the spray dryer:

ρ cp u ·∇T +∇(−(k+ kT )∇T ) = 0 (20)

where kT is turbulent thermal conductivity.
The particle dynamics were simulated using Newton’s second

law of motion. During the drying process in the spray dryer,
milk droplets are subjected to drag, gravitational, buoyancy and
Brownian forces [12].

mp
dup

dt
= Fdrag +Fgravity +Fbuoyancy +FBrownian (21)

where mp and up are the particle mass and velocity respectively.
The net gravitational effect on an individual particle is calculated
as (considering weight and buoyancy forces):

Fgravity +Fbuoyancy =
πd3

p

6
(ρp −ρg) g (22)

where ρp and ρg are the densities of particle and the surrounding
air, respectively.

Drag force in general can be calculated as:

Fdrag =
1
τp

mp(u−up) (23)

where up is particle velocity and τp is the particle response time
[1]. Since the relative Reynolds number of the droplets flying
within the spray dryer ranged from 15 to 50 in this study, the
drag force exerted by each droplet was calculated using Schiller
and Naumann’s law, in which particle response time is defined as
[12]:

τp =
4ρpd2

p

3µCDRe
(24)

where CD is the drag coefficient defined by [12]:

CD =
24
Re

(1+0.15Re0.687) (25)

Combining Equations 23, 24 and 25 the drag force is calculated:

Fdrag = 3πµdp(1+0.15Re0.687)(u−up) (26)

Brownian motion refers to the diffusion of particles in fluids
caused by particle-fluid collisions. As a result of their thermal
motion, fluid molecules randomly collide with particles, thereby
producing forces in directions other than that of the mean flow
velocity. As a force, this phenomenon can be modelled using a
Gaussian white noise process, which can be expressed as follows
[12]:

FBrownian = G
√

6πdpµkBT
∆t

(27)

where G is an independent Gaussian random number in each spa-
tial direction, dp is particle diameter, kB = 1.381× 10−23 J/K is
the Boltzmann constant and ∆t is the simulation time step.

Particle position at the chamber, xp, can be determined using
Equation 21 by relating it to the particle velocity with:

dxp

dt
= up (28)
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Figure 2: Comparing MATLAB simulation results with experi-
mental data taken from reference [14] in terms of the mass his-
tory of a skim milk droplet with a radius of 0.855 mm during a
drying process.

A bounce boundary condition was applied to the chamber walls
assuming the droplets undergo specular reflection.

In the spray dryer, airflow is turbulent; however, the droplets
are so small that the flow regime around them still remains lam-
inar, with Reynolds number ranging from 15 to 50. The Stokes
number, which is defined as the ratio of particle response time
to the characteristic time scale of the fluid, was calculated for
a random particle varying from 28.37 to 40.19. This indicates
that its movement in the dryer is dominated by inertia rather than
following the flow streamlines.

RESULTS AND DISCUSSION
Code validation, mesh and time step convergence tests

The production and measurement of industry-relevant milk
droplets is practically difficult and droplets used in experiments
are typically larger than industrial-sized ones [1]. Therefore,
the results for the larger milk droplets were used to validate the
code implementation for the droplet evaporation sub-model in
this study. To do this, an experiment conducted in the literature
[14] was replicated using the model developed in MATLAB. As
shown in Figure 2 a good agreement between the experimental
and numerical data is observed.

For the droplet evaporation sub-model written in MATLAB,
after several simulations with increasingly refined grid, a total
element of N = 400 with a time step size of ∆t = 0.01 s was
chosen to ensure that the solution remains independent of dis-
cretisations (Figure 3).

Airflow and particle trajectories
To model the flow pattern and temperature field within the

spray dryer, an axi-symmetric 2D domain was used in COM-
SOL. Several simulations were conducted with increasingly re-
fined grids, and then a total mesh of 8920 elements was chosen
as a good compromise between mesh convergence and required

Figure 3: Droplet surface temperature changes over time for a
100 µm radius skim milk droplet under the drying conditions
listed in Table 1.

computational time.
The Euler-Lagrange model provided results for the fluid flow

and particle dynamics under the conditions listed in Table 1. The
temperature and velocity fields for the steady state turbulent air-
flow inside the chamber are depicted in Figures 4(a) and 4(b),
respectively.

First impact
Even though the droplets may hit the dryer surfaces multiple

times, the first impact is the most important to investigate, as the
droplets are stickier at the beginning of the process due to their
higher levels of moisture, which makes them more likely to ad-
here to the chamber walls. The main factors which determine the
milk droplets interaction with chamber surfaces are their impact
angle, velocity magnitude, and moisture content at the time of
impact. The effect of droplet size is evaluated in relation to these
factors in this study. Impact angle refers to the angle formed by
the droplet velocity with respect to the surface of impact.

Figure 5 depicts the schematic of a typical large-scale spray
dryer used in this study with a height of 3.15 m, 1.2 m cone top
diameter, and 0.3 m bottom diameter. The simulation conditions
are given in Table 1.

As illustrated in Figure 6-a, when droplets with an initial ra-
dius of 250 µm were injected, all of the droplets impact the cham-
ber surfaces without being fully dried, with moisture content
ranging from around 20 to 50%, as compared to around 17 to
0% when droplets had an initial radius of 100 µm. This is due to
the fact that larger droplets contain more moisture when drying
under the same spray drying condition. For rd,0 =100 µm, nearly
55% of the injected droplets impacted the walls with a velocity
magnitude of less than 1 m/s, which indicates that more than half
of them have been impacted with a velocity magnitude less than
10% of their injected velocity. For 26.6% of the injected droplets,
the impact velocity magnitude was approximately 4 m/s. When
rd,0 =250 µm, on the other hand, the impact velocity magnitude
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(a)

(b)

Figure 4: Airflow pattern inside the spray dryer under the condi-
tions listed in Table 1, showing the steady state temperature (a)
and velocity (b) fields.

is generally higher ranging from 2.2 to 5.2 m/s. Having greater
inertia, the larger droplets were less affected by the drag as they
travelled and impacted the chamber surface with relatively higher
velocity magnitude. Figure 6c demonstrates that generally the
larger droplets hit the chamber surfaces at relatively higher im-
pact angles.

Figure 5: Schematic of spray dryer studied, with 1: hot air inlet,
2: air outlet, 3: inlet for the liquid milk into the nozzle, 4: milk
sprayed into the dryer, and 5: milk powder to be collected. Injec-
tion angle Φ is the angle that the injection cone forms with the
vertical axis.

Table 1: Simulated spray drying conditions

Property Value

Droplet initial temperature, T0 (◦C) 40

Droplet initial solute concentration, xs0 (wt%) 45

Spray dryer inlet mass flow rate, ṁSP (kg h−1) 230

Spray dryer inlet airflow temperature, Ti,SP (◦C) 200

Spray dryer absolute humidity, AH (g m−3) 35.8

Cone spray angle (◦) 60

Droplet injection velocity, V0 (m s−1) 10

Number of droplets in a parcel of injection (-) 1000

Air temperature surrounding the chamber (◦C) 20

Air outlet gauge pressure (Pa) 0

CONCLUSION
In this study, a numerical model has been developed to study

the spray drying process of whole milk in a typical large-scale
dairy dryer and provide statistics on droplets at the time of first
impact. The effects of droplet size was evaluated on the impact
parameters. Results showed that droplets with a radius of 250 µm
hit the walls of the dryer without being fully dried in comparison
to 70% when droplets with an initial radius of 100 µm were in-
jected under the same spray drying conditions. Furthermore, the
larger droplets generally impacted the chamber surfaces at rela-

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 791 of 1061



(a)

(b)

(c)

Figure 6: Histograms of the percentage of droplets which im-
pacted the walls of the chamber with certain solute mass fraction
(a), velocity magnitude (b) and impact angle (c) under the condi-
tions given in Table 1.

tively high velocity magnitudes and impact angles.
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ABSTRACT 

In this manuscript, heat transfer, fluid flow, and temperature 

distribution inside a large real scale autoclave used in aerospace 

industry are investigated using an accurate numerical method 

which is validated by experimental studies. The flow rate 

including the geometric characteristic of the fan, multiple 

reference frame, and sliding mesh motion are considered to 

achieve a good agreement with the experimental results. After 

performing mesh independency analysis, the steady and transient 

simulations are conducted with k- SST turbulence model and 

compared to the experimental data. Owing to the complexity of 

the problem and size of the geometry, high performance 

computing (HPC) is employed. For the experimental 

determination of the heat transfer coefficient of the autoclave 

internal environment, lumped mass calorimeter technique is used 

for different conditions. It is proved that the suggested 

computational method is applicable to large autoclaves for 

modelling fluid flow and heat transfer. So, it is a powerful 

methodology for optimization of autoclaving process especially 

for aerospace applications. 

 

NOMENCLATURE 
 

A [m2] Area 
Bi [-] Biot number 

cp [kJ/kgK] Specific Heat 

e [-] Relative error 
h [W/m2K] Fluid side heat transfer coefficient 

i [kJ/kg] Enthalpy 

k [W/mK] Thermal conductivity of the solid 
L [m] Length 

m [kg] Mass 

P [N/m2] Pressure 
p [-] Order of convergence 

r [-] Refinement rate 

T [K] Temperature 
t [s] Time 

u [m/s] Velocity 

V [m3] Volume 
x [m] Cartesian axis direction  

y [m] Cartesian axis direction  

z [m] Cartesian axis direction  
 

Special characters 

 [kg/m3] Density 

 [kg/ms] Dynamic viscosity 

ε [-] Turbulence dissipation rate   

 

Subscripts 
c  characteristic 
s  surface 

  environment  

i  initial 
t  turbulence 

 

INTRODUCTION 
Resin matrix thermoplastic and thermoset composites are 

widely used in aviation, aerospace and other industries due to 

their excellent properties such as high strength, high fatigue 

fracture resistance, high corrosion resistance, high dimensional 

stability and easy integration into many different areas, as well 

as being very light compared to metals [1]. Carbon fibre 

reinforced thermoplastic and thermoset (CFRP) composites are 

widely used in aviation today due to all these exceptional 

features they provide. For instance, in the Airbus A350XWB, a 

modern civil aircraft, almost 55% of the construction is made of 

CFRP [2]. 

The commonly used production method involves manually 

or automatically laying the pre-impregnated material, then 

curing in an autoclave to achieve low porosity under high 

pressure and elevated temperature for a specified period. 

Autoclave curing is a critical process that affects the quality of 

the final product and appropriate time, temperature and pressure 

conditions must be established during this process. 

Due to the large dimensions of the composite parts used in 

aviation, quite large-scale autoclaves are used. Therefore, during 

the autoclave curing process of these large parts, a uniform 

temperature distribution is being very important to achieve 

homogeneous curing throughout the entire part and wall 

thickness. Otherwise, process-induced warpages, distortions due 

to different curing rates are observed [3]–[5]. 
The temperature distribution within the composite part is 

mainly affected by the forced convection heat transfer in the 

autoclave. Therefore, it is required to maintain a homogeneous 

heat transfer in the autoclave, meaning uniform fluid temperature 

and velocity distribution. However, the placement of the part, 

loading of the autoclave, varying wall thicknesses in the part, and 

the autoclave design make it very difficult to obtain a 

homogeneous heat transfer, mostly. It is mainly because, due to 

the large size of the autoclave, it is difficult to achieve 

homogeneous fluid velocity distribution in it. This causes the 

forced heat transfer coefficient to be different and ultimately the 

heat transfer to the part to differ. Consequently, it is necessary to 
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determine and optimize the heat transfer in the autoclave for each 

specific part and loading condition. 

In the literature, in addition to experimental studies [2], [6], 

there are studies with 1D and 3D modelling approaches to 

investigate an autoclaving process in detail. In 1D studies [7]–

[10], the researchers considered autoclave fluid conditions such 

as temperature, velocity etc. to be constant, and hence the heat 

transfer coefficient is constant, while in 3D studies they tried to 

catch heat transfer coefficient (HTC) accurately by using 

different turbulence models. 

With the increasing computation power, today, highly 

complex and large geometries can be simulated in 3D. Zhu et al. 

(2021) compared k-, k- SST and Spalart-Allmaras turbulence 

models for their small-scale laboratory autoclave heat transfer 

and flow simulations. According to their study, Spalart-Allmaras 

model gives better results than the others. The numerical results 

were in good agreement with the experimental results. A CFD 

usage guideline to predict the heat transfer inside an autoclave 

was proposed by the authors [3]. In their another study, Zhu et 

al. (2021b) proposed a quasi-transient model to deal with CHT 

(conjugate heat transfer) within an autoclave. The results were 

accurate enough compared to the experimental results and with 

this approach computational costs decreased by up to 87% [11]. 

Weber et al. (2016) studied on determination of the boundary 

conditions affecting heat-up process and introduction these 

factors into 3D simulation. They proposed a semi-empirical 

approach to estimate boundary conditions [12]. Wang et al. 

(2018) suggested a heat-balance method to reduce the heating 

rate of overheated regions and thus they got more homogenous 

temperature. They used a greedy genetic algorithm to find the 

optimal layout and geometry, changing local heat transfer 

coefficient [13]. Wang et al. (2017) studied a finite volume 

analysis to simulate an autoclave and verified their model with 

experimental data. They also studied curing of the part by genetic 

algorithms. They used k- turbulence model and got very good 

agreement with the experiments [14]. Kluge et al. (2016) 

performed a CFD simulation by considering radiation to predict 

temperature distributions of a part in an autoclave. They 

preferred realizable k- turbulence model and reported very good 

agreement with experimental results [15]. Hu et al. (2020) 

improved temperature distribution of a complex part inside an 

autoclave by using CFD. They used k- turbulence model [16]. 

Bohne et al. (2017) investigated heat transfer inside a small-scale 

laboratory autoclave by using calorimeter measurements and 

CFD. They used Spalart-Allmaras turbulence model [2].  

In this study, heat transfer, fluid flow, and temperature 

distribution inside an autoclave were investigated by using an 

accurate numerical method which was validated by experimental 

data. To validate the flow rate with the geometric characteristic 

of the fan, multiple reference frame and sliding mesh motion 

were considered to achieve a good agreement with the 

experimental results. Moreover, the steady and transient 

simulations were conducted with k- SST turbulence model and 

compared to the experimental data. Owing to the complexity of 

the problem and size of the geometry, high performance 

computing (HPC) was preferred. Grid independency analyses 

was also performed to determine the most appropriate grid size 

and k- SST as the most suitable turbulence model for large 

autoclaves was preferred.  For the experimental determination of 

the heat transfer coefficient, lumped mass calorimeter technique 

was employed for different conditions. It was proved that the 

suggested numerical methodology is applicable to large 

autoclaves for modelling fluid flow and heat transfer. So, it is a 

powerful methodology for optimization of autoclaving process 

especially for aerospace applications. Finally, a validated 

numerical analysis methodology for a real-scale large autoclave 

is proposed. The experimental results and the numerical results 

are in good agreement, the difference in temperature is below 

1.5 C. 

EXPERIMENTAL STUDIES 
In the experimental studies, it is aimed to determine the heat 

transfer coefficient of the fluid which is nitrogen by means of 

lumped mass calorimeter within the autoclave to validate the 

numerical model [2], [17]. In the literature, there isn’t any such 

a study performing numerical and experimental analysis in real 

production scale (5 m in diameter and 24 m in length). A large 

real scale autoclave was used in the experimental analysis. After 

loading a new package of the parts to be cured in the autoclave, 

semi – axial fan pulls nitrogen gas over the package and tooling, 

and hence forced heat transfer takes place between nitrogen gas 

and the parts to rise the temperature of the part to the required 

temperature. The nitrogen is then recirculated in the autoclave 

through the annular channel placed on the outer wall. During this 

recirculation the nitrogen is conditioned to the required 

temperature by means of heating and cooling chamber consisting 

of electric heaters and cooling serpentine. The autoclave has a 

length of 24 m and diameter of 5 m. To determine the 

temperature distributions, more than 100 thermocouples are 

located in the autoclave in varying locations including parts 

surfaces. All these thermocouples are J type thermocouples. 

They were all calibrated and their accuracy was  1C.  

Typical autoclave processing cycle consists of 

pressurization, heating ramp, hold temperature and cooling. In 

the experimental set up, this typical processing cycle, was 

applied, and a heat-up rate of 6 K/min was used shown in Table 

1. The heat transfer coefficient (HTC) measurement system, 

which consists of two different types of calorimeters placed on a 

structure, was located in the autoclave more than once, as seen 

in Figure 2a. The temperatures of the calorimeters and fluid 

around them were recorded during the analysis, and the HTC 

values were calculated according to the following mathematical 

procedure. One test took approximately 200 min and the 

temperature and pressure profile shown in Figure 1 was applied. 

Temperatures from three locations on each calorimeter were 

recorded throughout the test. 

 
Table 1: The recipe of experimental study 

Definition Process1 Process2 Process3 Process4 

 Pressurization Heating Waiting Cooling 

Time [min]   60  

Temperature Rate [°C]  6 0.1 4 

Target Temperature [°C]  180 180 20 

Pressure Rate [bar] 0.5    

Target Pressure [bar] 3    
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Figure 1: The performance curve of autoclave processing 

 

Determination of the heat transfer coefficient by lumped 

mass calorimeter 

Two different calorimeters made up of aluminium were 

manufactured to determine the HTC. The materials and 

dimensions of the calorimeters were chosen so that the Biot 

number is less than 0.1 [18]. In Figure 2b, dimensional details of 

each calorimeter (top and bottom) are shown. To prevent heat 

conduction between calorimeters and the structure used to carry 

and fix them at required vertical position, an adequate insulation 

is applied. 5 HTC measuring systems (C1-C5) were placed in the 

autoclave as shown in Figure 2a.  

 

 

 
Figure 2: a) Illustration of the calorimeters’ locations (C1-C5), 

b) dimensions of the calorimeters (top and bottom) 

 

The following convective heat transfer coefficient (HTC) 

calculations are done according to the following assumptions. 

- The temperature is uniform throughout the geometry at 

any time. 

- No heat transfer losses to the carrier structure. 

Dimensionless Biot number gives us the ratio of convection 

heat transfer at the surface of the calorimeter to conduction heat 

transfer within the calorimeter [18]. If the conduction dominates 

the convection a lumped analysis, uniform temperature 

assumption at any time, can be done. 

𝐵𝑖 =
ℎ𝐿𝑐
𝑘

 

Lc is characteristic length which is determined as the ratio of 

the volume to the surface area, of the calorimeter. 

𝐿𝑐 =
𝑉

𝐴𝑠

 

If the temperature is uniform throughout the geometry at any 

time, means the Biot number is less than 0.1, the heat transfer to 

the calorimeter during dt is equal to the increase in energy of the 

calorimeter. 

ℎ𝐴𝑠(𝑇∞ − 𝑇)𝑑𝑡 = 𝑚𝑐𝑝𝑑𝑇 

ℎ = −
𝜌𝑉𝑐𝑝

𝐴𝑠𝑡
ln (

𝑇(𝑡) − 𝑇∞
𝑇𝑖 − 𝑇∞

) 

Temperature change of the body of the calorimeter (T(t) and 

Ti), and the temperature of the fluid around the calorimeter which 

is T were recorded for each time interval (t) which is 60 

seconds. To increase the accuracy of the measurement, mean 

temperatures were calculated from three different locations on 

each calorimeter. Thermocouple locations are shown in Figure 

2b for each calorimeter (T1-T3). The averaging approach is also 

used for the fluid side temperatures. 

 

Experimental results 

The measured temperatures and calculated convection heat 

transfer coefficients (HTC) for calorimeter 1 are given in Figure 

3. As it can be seen from the figure, the heat transfer coefficient 

remains almost constant after the “entering zone” in which rate 

of temperature increase is fluctuating. Mean heat transfer 

coefficients were calculated for this constant heat transfer 

coefficient region which is shaded area in the figure. In Table 2, 

all these mean HTC values are tabulated. Beyond this shaded 

area, the fluctuations are very high due to the very small 

temperature difference between the calorimeter temperature and 

the free stream temperature. Because the measurement precision 

is not enough to measure the difference accurately. 

The HTC evaluations were also conducted for the other 

calorimeters located in the autoclave to see the change of the 

HTC with respect to the location. The calculated HTC is 67.28 

W/m2K in the front (C-1), while it is 34.96 W/m2K in the rear 

calorimeter (C-5). The HTCs decreasing with increasing 

distance from the front, as it is an expected result and it is 

mentioned in the previous studies as well [2], [19]. In addition, 

it is observed in the experiments that the heat transfer coefficient 

of the lower calorimeter in the same location is higher than the 

upper one. Due to the fluid stream velocities near the wall are 

higher than the velocities in the centre of the autoclave. It is 

because of the autoclave design and these velocity behaviours 

are observed from the numerical results, as well. 
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Figure 3: Experimental results of temperatures and HTCs over time for 

calorimeter 1. 

 
Table 2: Comparison of the HTCs, calorimeter 1 is close to the fan. 

Calorimeter 

HTC [W/m2K] 1 2 3 4 5 

Top 34.96 32.71 57.81 65.00 67.28 

Bottom 74.82 70.57 102.24 118.52 158.57 

 

NUMERICAL MODEL, GOVERNING EQUATIONS, AND 
BOUNDARY CONDITIONS 

 

Description of the Numerical Settings and Boundary 

Conditions 

For the numerical analysis, Siemens Star CCM+ program 

was used as the grid generator and the solver. It was assumed that 

flow is incompressible and nitrogen properties are constant and 

taken as density 2.23394 [kg/m3], specific heat 1051.8 [J/kg-K], 

dynamic viscosity 2.43x10-5 [kg/m-s]. Conjugate heat transfer 

was employed and three-dimensional conduction equations for 

body, and Reynolds Average Navier-–Stokes (RANS) and 

energy equations for fluid were solved. Validation and grid 

independence analyses were performed with k- SST turbulence 

model. To model the viscosity-affected sublayer accurately, y+ 

value was assured less than one.  

k- SST turbulence model is applicable in industrial 

complex flow and heat transfer problems because of its 

robustness and accuracy [20]. In the literature, mainly k-  and 

Spalart-Allmaras turbulence models are preferred in autoclave 

simulations [2], [3], [14], [15], [21]. Kluge et al. (2016) 

performed CFD simulations for an autoclave and reported that a 

more advanced turbulence model such as k- SST should be 

used to get accurate results [15]. 

Continuity equation: 
𝜕𝜌

𝜕𝑡
+ ∇ ∙ (𝜌𝐮) = 0 

Momentum equation: 
𝜕𝜌𝑢

𝜕𝑡
+ ∇ ∙ (𝜌𝑢𝐮) = ∇ ∙ (𝜇∇u) −

𝜕𝑝

𝜕𝑥
+ 𝑆𝑥 

𝜕𝜌𝑣

𝜕𝑡
+ ∇ ∙ (𝜌𝑣𝐮) = ∇ ∙ (𝜇∇v) −

𝜕𝑝

𝜕𝑦
+ 𝑆𝑦 

𝜕𝜌𝑤

𝜕𝑡
+ ∇ ∙ (𝜌𝑤𝐮) = ∇ ∙ (𝜇∇w) −

𝜕𝑝

𝜕𝑧
+ 𝑆𝑧 

u is the velocity vector having u, v and w components in x, 

y and z Cartesian coordinates, respectively. Sx, Sy, and Sz are the 

source terms in the corresponding coordinate. 

Energy equation 
𝜕𝜌𝑖

𝜕𝑡
+ ∇ ∙ (𝜌𝑖𝐮) = ∇ ∙ (𝜆∇T) − 𝑝∇ ∙ (𝐮) + 𝜙 + 𝑆𝑖 

λ is the thermal conductivity, T is the temperature, i is the 

internal energy and Si is the heat source. 

Energy equation for solid 
𝜕

𝜕𝑡
(𝜌𝑠𝑐𝑠𝑇) = ∇ ∙ (𝜆∇ ∙ T)+ 𝑆𝑇 

Unlike most of the studies in the literature, the autoclave was 

modelled as a whole, including the fan section shown in Figure 

4. In order to model the fan correctly, the analyses were first run 

with the Frozen Rotor Model (FRM) in Star CCM+. Thus, the 

flow distribution in the autoclave was created. Afterwards, 

transient analyses were performed using the Sliding Mesh 

Motion (SMM) rotor model in order to achieve more convenient 

velocity profile.  

 

 
Figure 4: Schematic of the autoclave showing the model zones 

 

Autoclave's required thermal conditions are provided by the 

heater and cooler modules just before the fan. 

 

Computational Grid and Grid Independency Analyses 

In order to perform numerical computations in CFD, the 

computational flow field must be discretized into finite elements 

or volumes. Star CCM+ program was used in the grid generating 

process. Mesh independence analysis was performed according 

to the parameters which are velocity at specified location and 

mass flow rate of the fan. The grid numbers were increased at a 

constant rate of 1.3 from 7 million to 17 million. 

 

 
Figure 5: Fluid velocity at a location x = 0, y = 0.085, z = 5.343 versus 

grid numbers. 

 

While the velocity is about 1.3 m/s at 7 million elements, 

with increasing grid number, first 1.5 m/s at 10 million elements, 

then 1.58 m/s at 13 million elements and finally 1.55 m/s at 17 

million elements. The velocity remains almost constant in the 
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last three analyses as it also can be seen in the Figure 5. Likewise, 

with increasing grid number, the fan flow rate is 20 kg/s, 20.18 

kg/s, 20.24 kg/s and 20.23 kg/s, at 7 million, 10 million, 13 

million and 17 million grid numbers, respectively. Again, the last 

three values remain almost constant (Figure 6).  

 

 
Figure 6: Mass flow rate of the fan versus grid numbers. 

 

As a result of these analyses, the mesh structure with 13 

million elements was chosen for further CFD simulations. In 

Figure 7, the mesh structure on the whole geometry and 

boundary layers are shown. 

 

 
Figure 7: Mesh structure and boundary layers 

   
Validation of the Numerical Model 

To validate the numerical method, time dependent analyses 

have been performed for 3 minutes period in between 52nd and 

55th minute processing times shown in the recipe (Figure 3). The 

experimental values at minute 52 were patched to the 

calorimeters and then analyses were carried out.  

 

 
Figure 8: Comparison of top calorimeter temperature 

 

At the end of the 55th minute, the test data were compared 

with the numerical results. It is seen that there is a good 

agreement between the test results and the numerical results. 
 

 
Figure 9: Comparison of bottom calorimeter temperature 

 

Figure 8 and Figure 9 indicate the agreement between the test 

data and CFD analysis results. It is observed that the temperature 

data obtained by CFD simulations are very close to the test 

results, maximum deviation is less than 0.7 C for top 

calorimeter, while it is less than 2 C for bottom calorimeter. So, 

the specified numerical model can be assumed a valid model for 

further analysis. 

RESULTS AND DISCUSSIONS 
From the numerical and experimental results, it is seen that 

the HTC decreases from the door side to the fan side of the 

autoclave. The reason is that, as seen in Figure 10 and Figure 11, 

the flow velocity is higher on the door region. The fluid, which 

changes direction by hitting the door, moves against the flow 

direction due to the geometry, creating separations and vortices. 

This reduces the cross-sectional area of the effective flow and 

increases the velocity in the middle. Afterwards, as the flow 

becomes uniform as it moves backwards in the autoclave, the 

velocities on the calorimeter on the fan side are at lower levels. 
 

 
Figure 10: Flow field of the autoclave t=55 min. 

 

 
Figure 11. Velocity vectors in the middle section of the autoclave, t=55 

min. 
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As seen in Figure 12, since the HTC values on the door side 

are higher, the calorimeter on the door side will be at higher 

temperatures. 

 

 
Figure 12: Temperature distribution around the calorimeters for 

validation case, t=55 min. 

As can be seen from the flow field (Figure 10), the flow rotates 

in the radial direction in the autoclave with the effect of the fan. 

It is not possible to see this behaviour in the past studies, because 

any of these studies didn't model the fan. Only, axial velocity 

boundary condition was applied to the outer annulus of the 

autoclave in these studies. Although the fluid passes through the 

narrow annulus after the fan and hits the dome-shaped front 

cover, it cannot be sufficiently straightened. The flow cross-

section narrows due to the reverse flows occurring in the cover 

part, and higher velocities occur locally just in front of the cover. 

This behaviour explains the higher convection coefficient in the 

calorimeter just in front of the cover (calorimeter 5). However, 

as it progresses axially, the fluid flows towards the walls again 

and the local velocities decrease. Accordingly, the convective 

heat transfer coefficient decreases as it approaches the fan. The 

rotation of the fluid prevents the formation of a homogeneous 

heat transfer distribution. Therefore, in practical applications, we 

see that while thicker parts are placed in the front of the 

autoclave, thinner parts are placed in the back. In most cases, it 

is not possible to use the entire autoclave volume because of 

these inhomogeneous conditions. Therefore, straightening the 

flow and providing the homogeneous heat transfer coefficient as 

much as possible will make a very positive contribution in 

practical applications. These are e.g. increasing the usable 

volume of the autoclave, increasing the end product quality, and 

decreasing the processing time. In order to straightening the 

flow, first of all, the rotation effect created by the fan should be 

prevented. This can be possible with spacers parallel to the axis 

to be placed in the annular channel located on the outer wall. On 

the other hand, various diverters can be used to straighten the 

very complex flow observed in the door zone. Simulations of 

these improvements are planned as future work with the 

numerical method validated here. 

A three-minute transient numerical analysis performed in 

the validation case costs 60000 Core x hours in the HPC system. 

It will not always be possible to achieve this high computer 

capacity. Instead, it is suggested that the flow pattern at the fan 

outlet determined by the method proposed here can be patched 

in the annulus entrance for different simulation cases. Thus, it is 

possible to eliminate the need for modelling the fan and time 

dependency. 

The suggested method can be summarized as follows. 

• Flow volumes including the fan are modelled 

• Grid is generated with y+ value is less than one. 

Inflation at the boundaries should be applied. 

• k-SST is selected as the turbulence model. 

• Frozen Rotor Model (FRM) is started and the flow 

distribution in the autoclave is determined. 

• Sliding Mesh Motion (SMM) rotor model is used with 

time dependency. 

• The obtained fan exit profile is patched in the entrance 

of the annular channel for different loading scenarios. 

CONCLUSION  
The aim of this study is to improve the understanding of the 

airflow circulation, temperature distribution and heat transfer in 

a large autoclave used in aviation for processing of very large 

parts. Lumped calorimeter method was used to determine HTC 

and the proposed numerical model was validated with good 

agreement with the experimental data. A grid independency 

analysis was also employed.  

A numerical analysis procedure is proposed here to 

determine the internal thermal field of a very large autoclave 

used in aviation industry. Accordingly, a researcher can apply the 

same approach to model more complex loading scenarios and 

location optimizations of the parts in an autoclave. 

In the experimental analysis, two different types of 

calorimeters were used and located on the same structure and 5 

carrier structures were placed in certain intervals to see the 

longitudinal differentiations. According to the results, HTCs are 

not identical and the front one’s value was higher than the others. 

The HTCs decrease from the front to the rear. Because at the 

front zone the flow is faster, and turbulence is higher. 

 

In the numerical analysis, it is proposed; 

- a model having less computation cost and reasonable 

accuracy. So, k- SST can be used. 

- first run with the Frozen Rotor Model (FRM) in the 

solver. Thus, the flow distribution in the autoclave is 

created. Afterwards, transient analyses are performed 

using the Sliding Mesh Motion (SMM) rotor model. 

- the obtained fan exit profile is patched in the entrance of 

the annular channel for different loading scenarios. 
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ABSTRACT 

This paper investigates numerically the impact of the amplitude 

curvature and air flow velocity in a sinusoidal heat pipe [HP] on 

the convective heat transfer coefficient between the air and HP 

wall in a solar thermal energy storage (STESS). The study was 

based on the principles of heat transfer, fluid mechanics, and 

thermodynamics, in relation to the real-time transient two-

dimensional melting process of coconut oil phase change 

material [PCM] in a spherical shell. Four models (A, B, C and 

D) were studied. We developed a solar sunrise transient

temperature model for the study. Grid, time step and velocity

independent parametric studies were done within ansys

workbench. The predicted results were validated with

experimental data from the open literature with good agreement.

It was found that Dean flow characteristics is low at small

curvature amplitude and increase with increase in amplitude.

Convective heat transfer coefficient is higher with high energy

storage at low air flow velocity. Bejan and Dean numbers were

probed to determine the optimal design. The predicted sunrise

transient temperature model profile was effective. HP heat

transfer enhancement potential was hierarchically concluded as

straight, sinusoidal, and helical coils.

INTRODUCTION 

The low-density and transitory characteristics of the renewable 

energy source, as well as the poor thermal conductivity of PCMs, 

which is typically between 0.2 W/m K and 0.7 W/m K  [1,2], 
have been fundamental heat transfer issues in solar latent heat 

thermal energy storage (SLHTES).  

HPs have found practical applications in the design of heat 

exchangers for conveying working fluid in SLHTES to power 

turbines and sterling engines used to generate electricity. They 

are passive heat transfer device that transport thermal energy at 

much higher rate than pipe conductors such as aluminium or 

copper [3]. While the former makes use of the vaporization and 

condensation of a working fluid such as liquid therminol air, and 

sodium for high-temperature storage in industrial applications, 

the latter utilise the thermal conductivity of the material for low 

to medium temperature domestic applications to compensate for 

PCM's low thermal conductivity [2].  

HPs can take on a variety of curvatures, including straight and 

curved. Helical, spiral, serpentine, and sinusoidal pipes are 

classified as curved pipes [4]. The study of the sinusoidal curved 

pipe will help to determine its effectiveness and applicability in 

solar thermal system design. An effective system heat transfer 

coefficient reduces pumping power, storage space,  storage time, 

and cost, with increased system's thermodynamic efficiency [5]. 

NOMENCLATURE 

ρ [Kg/m3] Density 

Amush [Kg/sm3] Mushy zone constant 

β [K-1] Thermal expansion coefficient 

k [W/mK] Thermal conductivity 

T [℃] Degree Celsius 

L [KJ/Kg]  Latent heat of fission 

T [K] Kelvin Temperature

H [KJ/kg]  Enthalpy 

µ [Kg/m s]  Dynamic viscosity 

g [m/s2]  Gravitational acceleration 

X Liquid fraction  

eD Dean number  

eR Reynolds number  

eB Bejan number 

Existing research has explored fluid flow and forced convective 

heat transfer in curved pipes analytically, experimentally, and 

computationally in connection to fluid mechanics, heat transfer, 

and solar thermal plant designs. Dean [6] published the first 

analytical formula for flow fields in a curved tube with constant 

characteristics. Using the approximation established by [6], 

Germano [7] investigated the influence of torsion on fluid flow 

in a helical pipe. Furthermore, Yao & Berger [8] investigated 

fully developed laminar flow in a heated curved pipe under the 

influence of both centrifugal and buoyant forces. The pipe was 

anticipated to be heated to maintain a constant axial temperature 

gradient. The Dean number and the product of the Reynolds and 

Rayleigh numbers were investigated. And Moawed et al [9] 

studied the effects of dimensionless wavelengths and amplitudes 

on the thermal performance of a sinusoidal pipe inside a straight 

pipe heat exchanger over a range of Reynolds number and 
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Prandtl number and discovered that heat transfer in sinusoidal 

pipes is greater than in straight pipes. 

According to a numerical survey, Esfahani et al [10] investigated 

entropy generation of Cu-water nanofluid flow through a two-

dimensional channel with sinusoidal walls. The effects of 

Reynolds number and dimensionless amplitude among others 

were examined at constant temperature and heat flux. Tiari et al 

[3] quantitatively analyzed the thermal properties of a finned 

heat pipe-assisted solar latent heat thermal energy storage 

system. The heat pipe evaporator was modelled as a high 

effective constant thermal conductivity element exposed to a 

constant heat flow of 40 kW/m2. Rindt et al [11] used randomly 

changing and constant wall temperature boundary conditions to 

numerically model-free and forced convective flow in a helically 

coiled heat exchanger. Tang et al [12] also investigated the flow 

parameters and loss mechanism in a helical pipe experimentally 

and numerically. Dean number, curvature radius, and coil pitch 

were used to examine secondary flow performance and friction 

factor.  Kang and Yang [13] simulated laminar flow and heat 

transfer in a completely constructed curved pipe numerically. 

The effect of Dean number and pipe curvature on flow and 

temperature fields under axially uniform wall heat flux thermal 

boundary conditions were investigated. Assis et al [14] 

investigated the transient melting of a phase-change material 

(PCM) in spherical shells of three diameters at uniform and 

varied wall temperatures ranging from 2oC to 20oC. In relation 

to solar thermal storage, Arena et al [15] created a thermal energy 

storage system to support devices during small and medium scale 

concentrated solar plants [CSP]. The effects of natural 

convection and heat transfer on charging and discharging 

procedures on heat transfer coefficients were studied at constant 

HTF input temperatures of 180°C and 100 °C. Atal et al [16] 

studied a shell and tube heat storage system using paraffin wax 

soaked in aluminum foam, both experimentally and numerically. 

A forced convection constant temperature boundary was used 

during the charging and discharging procedures. Nithyanandam 

and Pitchumani [17] quantitatively investigated LTES with 

integrated heat pipes for concentrating solar electricity. During 

charging and discharging, the modules' HTF inlet temperatures 

were set at 664 K and 568 K, respectively. Sharifi et al [18] 

simulated the melting and solidification of a composite phase 

change material (PCM) in a vertical cylindrical container as a 

single module for a concentrating solar power (CSP) facility. 

The bottom and top parts of the HP were subjected to a 10 W, 15 

W, and 20 W Stirling engine continuous power source with 

constant and uniform heat transfer rate or constant and uniform 

temperature.  

 

From the representative survey and many more in the open 

literature, it can be deduced that heat transfer performance of 

heat pipes and application in TES systems has been mostly 

prescribed under fixed or uniform, and variable wall 

temperatures, constant or uniform and variable heat flux by 

several authors. Helical heat pipe was mostly studied. 

In this study, the effect of four curvature amplitudes of sinusoidal 

HPs and air flow velocity on the convective heat transfer 

coefficient between the air and HP wall in a solar thermal energy 

storage (STES) was investigated.  We developed a solar sunrise 

transient temperature model which was coupled as a user-

defined-function (UDF) in Ansys fluent that account for the 

temperature profile. 

BOUNDARY CONDITIONS 

The Geometrical model 

 

   
 

Figure 1[a]. B-Model sphere   [b]. Amplitudes of. models  

And HP Geometrical model.             A, B, C, and D 
 

The 0.007m thick thermally stratified 0.5m diameter Borosilicate 

sphere containing Coconut oil PCM with an embedded standard 

0.0254m (1-inch) diameter HP is shown in figure 1a above. A 

high conduction copper heat pipe was selected from ansys fluent 

material property list. For easy reference, the HP amplitudes, 

0.06m, 0.08m, 0.1m and 0.15m shown in figure 1b above are 

classified as A, B , C   and D models. 174 flow Reynolds number 

corresponding to 0.0006kg/s mass flow rate and 0.1m/s flow 

velocity was studied. The mass of the PCM for the models were 

160.76kg, 157.2kg, 158.08kg and 149.82kg respectively. 

 

 

 

Figure 2 The Computational domain 

The computational domain is detailed in Figure 2 above with 

defined boundary definitions. 
The mesh independent convective heat transfer coefficient, 

enthalpy, liquid fraction, and temperature results were obtained 

with 5700, 6064, 5196 and 5712 quadrilateral dominant and 

multizone quadrilateral/triangular mesh that generate structured 

grids in the HP to allow smooth fluid flow. This was used for 
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models A, B, C and D respectively. They mesh were considered 

sufficient to capture the transient solution field. Representative 

grids of model B are shown in figure 3 below. 
 

    
 

Figure 3 Computational grids of D model. 

 

Table 1 Thermophysical properties of materials [19] and [20] 

 

 

NUMERICAL MODEL 

ANSYS pressure-based finite volume and implicit time 

integration two-dimensional double precision (2ddp) solver was 

used to numerically solve the governing equations  [21,22]. In 

this technique, the melt interface is not tracked explicitly, and the 

mushy zone is modelled as a “pseudo” porous medium. 

 

Semi-Implicit Pressure-Linked Equations (SIMPLE) algorithm 

was used for pressure–velocity coupling. Second order upwind 

differencing scheme was used for the transient discretization of 

the convective terms in the momentum and energy equations. 

PRESTO scheme was used for pressure interpolation at the cell 

faces. Momentum, pressure, and liquid fraction were 

respectively under-relaxed by factors of 0.5, 0.3 and 0.9, to 

obtain stable convergence. 1012 convergence residual value was 

set for the continuity, momentum, and energy equations being 

solved. In each time step, the convergence was achieved after 1 

iteration. The seven hours [3] of solar insolation melting time of 

the PCM depend on the time step size. 0.04s was used after 

several simulations runs with different time steps and parametric 

studies. To predict natural convection in the PCM melt, we set 

the gravity vector to -9.8 m/s2 in the y-direction. 

 

Assumptions 

PCM volume expansion during melting process was neglected. 

PCM solid and liquid phases are homogeneous and isotropic. 

PCM fluid flow is unsteady, laminar, incompressible and 2D. 

Phase change processes is non-linear time-dependent coupled 

fluid flow with heat transfer. 

The sinusoidal pipe is considered as a curved pipe with 

maximum amplitude as curvature radius. 

Initial and Boundary conditions 

The PCM was considered as a fluid zone. 

The coconut oil was at an initial temperature of 298.15K in solid 

state. The thermophysical properties of the PCM materials were 

constant. Liquid PCM motion is laminar, unsteady, and 

incompressible. The sphere wall is thin and thermally stratified, 

stationary, no slip and adiabatic. The heat pipe wall is thin, 

stationary, no slip with heat transfer. Conjugate interface exists 

between the HTF, HP and PCM. PCM volume expansion is 

neglected and The CSP collector is 2000K-rated [23]. 

Governing equations 

The two-dimensional conservation of mass, momentum and 

energy equations for fluid flow and heat transfer in terms of 

sensible enthalpy is below [21,24]. 
Continuity equation 

The conservation of mass or energy is defined by. 

   . ( )  0 v
t





+  =
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Energy equation 
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is the reference enthalpy, is the reference temperature, 

 is the specific heat at constant pressure and the liquid 

fraction is , defined by. 
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The latent heat content L is defined by. 

   h L+                                                                                        (6)                                  

The energy equation is,  
( )

   . ( )   . ( )   e
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                                            (7) 

, ,    are the enthalpy, density, velocity of the phase 

change material, while  is energy source term. 

 

Momentum equation 

The momentum sinks due to the reduced porosity in the mushy 

zone mimic Carman-Kozeny equation derived from the Darcy 

law for fluid flow in porous media, defined by, 

refh refT

pc
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, ,  are mushy zone constant, liquid volume fraction, 

and Carman-Kozeny equation constant (a small number (0.001) 

to prevent division by zero in the denominator).  
510mushA =  [25]. 
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is the momentum equation source term and is the 

buoyancy source term. ( )mushA   is the ‘‘porosity function” 

defined by [26]. The equation becomes.  
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  (10)          

Boussinesq approximation was used to model natural convection 

in the melt. The model assumes the fluid density is constant in 

all terms of the momentum equation except the body force term 

define by. 

( )b o oS T T = −                                                                  (11) 

 ,  are reference density, reference temperature and 

volumetric expansion coefficient.   

Validation of Numerical model 

The model was validated with the experimental data of [16]. A 

comparison of the simulation result obtained for the PCM right-

mid-temperature distribution was compared as shown in figure 4 

below. It was found that temperature values were in good 

agreement. The two-dimensional model predicted relative 

thermal behaviour, for the predicted liquid fraction evolution 

during charge and discharge cycles within 0.04% percentage 

prediction error using the equation of [27].  

 

Figure 4. Figure 4. Numerical model validation. 

RESULTS AND DISCUSSION 

Preliminary grid independet study was performed parametrically 

to select minimum mesh elements that will ensure that the 

numerical results were independent of the grids, and generate 

maximum enthalpy within 7 hours of solar insolation. The 

selected grids are report under figure 3 above. 

 

 

 

 

 

Contours 

The predicted air flow velocity, enthalpy and liquid fraction 

contour for the models are shown in figure 5 below.  

    

   

                        A                                      B 

  
                     C                                     D 

Figure 5 Predicted contours. 

The PCM was initially at a temperature of 298.15k. As solar 

heated air flow through the HP, heat transfer was enhanced due 

to increase in transient heat transfer coefficient and the PCM start 

to melt both axially along the pipe length and radially along the 

sphere diameter. The melt fraction for each model defines the 

amount of enthalpy or energy stored. The white colour represents 

the liquid melt fraction. The solid fraction is blue while the 

mushy region is the rainbow colour boundary separating the 

solid from the liquid zones. Conduction heat transfer dominated 

the charge process, then, natural convection set in and intensifies 

and buoyancy forces due to temperature gradients viscous forces 

due to boundary layers at the walls and at the liquid-solid 

interface [28]. Heat transfer was enhanced by the spherical 

containment vessel along its boundary. The velocity is higher 

along the eternal wall curvature as the streamlines shift from side 

to side and align with less tortuous path than those described by 

the walls [29].  

    
 

Figure 6 . D Model Liquid fraction  Figure 7. HTC curve  

Figure 6 above shows D-model predicted Liquid fraction with 

over 70% PCM melt fraction and thus, define the amount of 

mushA  

mS bS

( )o ( )oT ( )
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stored solar energy. The sine wave path assumed by the curve 

details the characteristic sine wave curve synonymous with 

sunrise transient temperature. At a higher velocity from 0.5m/s 

and time step size between 0.08s to 1s, the PCM will completely 

melted in less than 6hrs with a liquid fraction of 1, for a 2-

dimensional model.  HTC decrease with increase in amplitude as 

in figure 7 above. A-model curved pipe flow, which is almost 

axial, is characterized by Poiseuille’s flow when compared to 

Dean flow. It is likened to Reynolds number characterized 

straight pipe flow. The impact of the dominant centrifugal force 

characteristic of Dean number flow that gives rise to secondary 

flow to enhance convective heat transfer coefficient synonymous 

with curved pipes is minimal due to the small amplitude 

curvature [29]. However, the melting process was natural 

convection dominated.  

     

 Figure 8. Velocity Profile 

 

 Figure 9. Energy curve                    Figure 10. Optimal curve   

The air flow velocity profile of figure 8 show that more solar 

energy is stored at a low air flow velocity. The energy curve of 

figure 9 above show that solar energy storage increases with 

increase in amplitude and so does the temperature and liquid 

fraction. This increase is due to the increased HP length, low 

fluid velocity (0.1m/s) and liquid fraction-based conduction heat 

transfer dominated melting instead of temperature as in A-

model.  

The Dean number of equation 12 below, defined by [6] and 

reported by [30], and equation (14) of [31]   rate of entropy 

generation due to viscous dissipations and thermal irreversibility   

that was reported by [13], were used to analyse the data for the 

Optimal curve of figure 10 above. The curve indicates that B-

model with minimum viscous and thermal entropy generation 

rate is more effective in generating secondary flow from 

centrifugal fluid force with enhanced heat transfer coefficient in 

the SLHTESS.  

1
2( )e e aD R r R=                                                         (12) 

The Reynolds number is given by. 

2 av
e

ru
R




=                                                                              (13) 

 is the fluid density, is the fluid dynamic viscosity aR is the 

sinusoidal path maximum amplitude. avu  is the fluid axial 

average flow velocity, and r is the pipe hydraulic radius. 

The Reynolds number reported in this study is 174. 

B
+

thermal
e

thermal viscous



 
=                                                      (14) 

thermal is thermal irreversibility and viscous is viscous 

dissipations. 

CONCLUSION 

The effect of amplitude and air flow velocity on convective heat 

transfer coefficient in a sinusoidal HP embedded in a LHTES 

have been studied. It was found that Dean flow characteristics is 

low at the small amplitude (A), and it increase with increase in 

amplitude to enhance heat transfer. Heat transfer coefficient is 

higher at low fluid flow velocity. Bejan and Dean numbers were 

examined to determine the optimal design. The PCM spherical 

containment vessel design also contributes to heat transfer and 

enhance the melting process. It is concluded that sinusoidal HPs 

can be used in the design of low to medium temperature 

SLHTES. Helical pipes are more suitable for high temperature 

design for industrial applications. The developed solar transient 

temperature model was effective in view of the profile and 

outputs. 
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ABSTRACT 
In this work, the shallow water equations were numerically 

solved using the finite volume method. The positivity of the 

scheme and the mass balance were numerically preserved. The 

solution was validated by solving benchmark problems that 

considers reflective and closed boundary conditions. The 

implemented scheme showed to be balanced and provides a good 

prediction of the flow patterns when solving 1D and 2D dam 

break problems. 

INTRODUCTION 
One-dimensional shallow water equations were first 

introduced by Saint-Venant in the 19th century to model the 

channel flow. Nowadays, their application has been extended to 

the modeling of different natural or man-made phenomena such 

as: pollutant transport [1], river flow [2][3], flood forecasting and 

prevention [4][5][6], dam break [7] [8] and sediment transport 

[9] among others. The shallow water equations assume that the

horizontal length scale is larger than the vertical length scale.

These equations can be derived by averaging the continuity

equation and the Navier-Stokes equations in the z-coordinate. A

widely used numerical method to solve such a system of

equations is the finite volume method and it can be reviewed in

[10].

The numerical methods used to solve this system of 

equations must fulfill certain conditions that allow the numerical 

scheme to be stable. The scheme must preserve positivity, i.e., 

the water depth must not be negative at any point in space or 

time. It must also be able to handle the dry-wet interface while 

guaranteeing mass conservation. When it comes to simulating 

flooding over long periods of time, it is essential that the scheme 

does not produce spurious oscillations in the velocity when the 

fluid is close to sandbanks. The scheme must also be well 

balanced, i.e., it must balance the source terms and the numerical 

fluxes when having steady-state solutions as well as when the 

fluid is at rest. 

In this work is presented the solution of the 2D Shallow water 

equations using the Godunov's method and Roe's Riemann 

solver fulfilling all the requirements described above. An the 

numerical discretization was made using the finite volume 

method. 

NOMENCLATURE 
ℎ [m] Fluid depth 

𝑢 [m/s] Averaged velocity on the z coordinate in the 𝑥 direction 

𝑣 [m/s] Averaged velocity on the z coordinate in the 𝑦 direction 

g [m/s2] Gravitational acceleration 

𝑆0 [-] Bed slope 

𝑧𝑏 [m] Bed elevation 

𝑆𝑓 [-] Friction Term 

𝑛 [-] Manning roughness coefficient 

F [-] Numerical flux 

𝐉 [-] Jacobian matrix 

𝐊 [-] Eigenvector 

x [m] Cartesian axis direction

y [m] Cartesian axis direction
z [m] Cartesian axis direction

Special characters 

Ω [m3] Volume of a control volume cell 

𝐧 [m] Normal vector to the surface

�̃�𝑛 [-] Wave force 

�̃�𝑛 [-] Eigenvalue 

Subscripts 

𝑖 ith control volume 

𝑎𝑖 ith area of the control volume 

𝑏𝑖 ith face of the control volume 

P Volume centroid 

E Neighbour centroid  

NUMERICAL METHODS 
The shallow water equations form a nonlinear hyperbolic 

system and its conservative form is: 
𝜕𝐔

𝜕𝑡
+

𝜕𝐂(𝐔)

𝜕𝑥
+

𝜕𝐃(𝐔)

𝜕𝑦
= 𝐒(𝐔) (1) 

Where 𝐔 is the conservative variables vector, 𝐂(𝐔) and 

𝐃(𝐔) are the flux vectors and 𝐒(𝐔) is the source terms vector, 

which are defined as: 

𝐔 = [
ℎ

ℎ𝑢
ℎ𝑣

] = [

ℎ
𝑞𝑥

𝑞𝑦

] ;   𝐂 = [

ℎ𝑢

ℎ𝑢2 +
1

2
𝑔ℎ2

ℎ𝑢𝑣

] ; (2) 
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 𝐃 = [

ℎ𝑣
ℎ𝑢𝑣

ℎ𝑣2 +
1

2
𝑔ℎ2

] 

𝐒 = [

0
𝑔ℎ(𝑆0𝑥 − 𝑆𝑓𝑥)

𝑔ℎ(𝑆0𝑦 − 𝑆𝑓𝑦)
] 

ℎ(𝑥, 𝑦, 𝑡) is the depth of the fluid, 𝑢(𝑥, 𝑦, 𝑡) is the averaged 

velocity on the z coordinate in the 𝑥 direction and 𝑣(𝑥, 𝑦, 𝑡) in 

the 𝑦 direction; while 𝑔 is the gravitational acceleration. The bed 

slopes in the 𝑥 and 𝑦 coordinates are given by:  

 
𝑆0𝑥 = −

𝜕𝑧𝑏

𝜕𝑥
, 𝑆0𝑦 = −

𝜕𝑧𝑏

𝜕𝑦
 (3) 

 

where 𝑧𝑏(𝑥, 𝑦) is the bed elevation. Eq (2) also included the 

friction terms associated with the resistance Manning's law: 

 
𝑆𝑓𝑥 =

𝑛2𝑢√𝑢2 + 𝑣2

ℎ4/3
, 𝑆𝑓𝑦 =

𝑛2𝑣√𝑢2 + 𝑣2

ℎ4/3
 (4) 

 

In which 𝑛 denotes the Manning roughness coefficient. 

DISCRETIZATION OF THE EQUATIONS 
 

 
Figure 1 Connectivity diagram of a three-sided cell. 

 

Fluxes 𝐂 and 𝐃 can be grouped in a single flux  𝐅 = (𝐂, 𝐃) 

and the original system can be expressed as: 

 ∂𝐔

∂t
+ ∇ ⋅ 𝐅(𝐔) = 𝐒(𝐔) (5) 

 

Integrating equation (5) over a volume Ω and applying 

Gauss's theorem on the second term we get: 

 
∫

𝜕𝐔

𝜕𝑡
𝑑Ω + ∮(𝐅(𝐔) ⋅ 𝐧)𝑑�⃗� = ∫ 𝐒(𝐔)𝑑Ω (6) 

 

In Eq (6) �⃗� represent the surface of the volume Ω and 𝐧 is the 

normal vector to that surface. This system can be solved using 

the finite volume method by dividing the study domain into 

multiple control volumes Ω𝑖  and next the equation must be 

integrated over the complete domain. To illustrate the procedure, 

it is considered a three-sided control volume with 𝑏𝑖 faces, 

surface area 𝑎𝑖 each with a normal vector 𝐧𝑖, as illustrated in 

Figure 1, the discretized form of equation (6) is: 

 𝐔𝐢
𝒏+𝟏 − 𝐔𝐢

𝒏

∆𝑡
∗ Ω𝑖 + ∑(𝐅𝑏𝑖

⋅ 𝐧𝑖)𝑎𝑖

𝑏𝑖

𝑖=1

= ∑ 𝐒(𝐔)𝑎𝑖

𝑏𝑖

𝑖=1

 (7) 

𝐅𝑏𝑖
 is the numerical flux evaluated on the face 𝑏𝑖 of the 

control volume. This numerical flux is calculated based on the 

Riemann problem defined by the conditions on either side of the 

faces of the control volume (𝑃 and 𝐸𝑖).  Eq (8) shows an 

expression for 𝐅𝑏𝑖
⋅ 𝐧𝑖  using the Godunov's method and Roe's 

Riemann solver [11] for the two-dimensional case for the face 𝑏𝑖 

of the 𝑃 element: 

 
𝐅𝑏𝑖

⋅ 𝐧𝑖 =
1

2
(𝐅𝑃 + 𝐅𝐸𝑖

)𝐧𝑖 −
1

2
(∑ �̃�𝑛|�̃�𝑛|�̃�𝑛

3

𝑛=1

)

𝑃,𝐸

 (8) 

 

𝑃 and 𝐸 denote the elements that are connected through the 

face 𝑏𝑖, �̃�𝑛 are the wave forces, �̃�𝑛 are the  eigenvalues and �̃�𝑛 

are the eigenvectors of the system. The Harten and Hyman 

correction allows to ensure a correct treatment of the transcritical 

depression waves and consists of replacing |�̃�𝑛| for 𝜑𝑛, where 

𝜑𝑛 is: 

 
𝜑𝑛 = {

|�̃�𝑛| 𝑖𝑓 |�̃�𝑛| ≥ 𝜀𝑘

𝜀𝑛 𝑖𝑓 |�̃�𝑛| < 𝜀𝑘

 (9) 

 

and:  

 (𝜀𝑛)𝑖,𝑗 = max {0, [ (�̃�𝑛)
𝑖,𝑗

− (𝜆𝑛)𝑖] , [(𝜆𝑛)𝑖

− (�̃�𝑛)
𝑖,𝑗

] } 
(10) 

 

Finally, the numerical flux evaluated on the face 𝑏𝑖 of the 

control volume 𝑃 is defined as: 

 
𝐅𝑏𝑖

⋅ 𝐧𝑖 =
1

2
(𝐅𝑃 + 𝐅𝐸𝑖

)𝐧𝑖 −
1

2
(∑ �̃�𝑛𝜑𝑛�̃�𝑛

3

𝑛=1

)

𝐿,𝑅

 (11) 

NUMERICAL FLUX DEFINITION 
The hyperbolic and non-linear nature of the system results in 

discontinuous solutions that need special treatment. The 

procedure to calculate each term included in the calculation of 

the numerical flux 𝐅𝑏𝑖
 is shown next. 

 

The system (1) can also be expressed as: 

 ∂𝐔

∂t
+ 𝐀(𝐔)∇ ⋅ 𝐔 = 𝐒(𝐔) (12) 

 

Where 𝐀(𝐔) is the Jacobian matrix of the system is defined 

in the normal direction as: 

 
𝐀(𝐔) = 𝐉 =

∂𝐅

∂𝐔
⋅ 𝐧 =

𝜕𝐂

𝜕𝐔
𝑛𝑥 +

𝜕𝐃

𝜕𝐔
𝑛𝑦 

 

(13) 

 

Where: 

 𝜕𝐂

𝜕𝐔
= [

0 1 0
−𝑢2 + 𝑔ℎ 2𝑢 0

−𝑢𝑣 𝑣 𝑢
] 

𝜕𝐃

𝜕𝐔
= [

0 0 1
−𝑢𝑣 𝑣 𝑢

−𝑣2 + 𝑔ℎ 0 2𝑣
] 

(14) 
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Considering the wave speed is 𝑐 = √𝑔ℎ and grouping all the 

terms of the Jacobian and considering the unit vectors 𝑛𝑥 and 𝑛𝑦, 

the Jacobian matrix is reduced to: 
 

𝐉 = [

0 𝑛𝑥 𝑛𝑦

−𝑢(𝒖 ⋅ 𝐧) + 𝑐2𝑛𝑥 (𝒖 ⋅ 𝐧) + 𝑢𝑛𝑥 𝑢𝑛𝑦

−𝑣(𝒖 ⋅ 𝐧) + 𝑐2𝑛𝑦 𝑣𝑛𝑥 (𝒖 ⋅ 𝒏) + 𝑣𝑛𝑦

] (15) 

The eigenvalues of the matrix 𝐉 can be calculated solving the 

characteristic polynomial that results from setting the difference 

between the Jacobian and the identity matrix multiplied by the 

diagonal matrix 𝜆 as det(𝑱 − 𝜆𝑰) = 0. Physically these 

eigenvalues 𝜆𝑖 represent the propagation speed of the 

information and for this system are given by: 

 𝜆1 = 𝒖 ⋅ 𝒏 − 𝑐;  𝜆2 = 𝒖 ⋅ 𝒏;   𝜆3 = 𝒖 ⋅ 𝒏 + 𝑐 (16) 

 

The eigenvectors corresponding to each eigenvalue of the 

matrix 𝐉 are calculated as the vectors 𝐊𝐢 that satisfy 𝐉𝐊𝐢 = λi𝐊
𝐢 

and these are: 

 
𝐊𝟏 = [

1
𝑢 − 𝑐𝒏𝒙

𝑣 − 𝑐𝒏𝒚

] ;  𝐊𝟐 = [
0

−𝑐𝒏𝒚

𝑐𝒏𝒙

] ;  𝐊𝟑 = [

1
𝑢 + 𝑐𝒏𝒙

𝑣 + 𝑐𝒏𝒚

] (17) 

 

On the other hand, the Roe's Riemann solver replaces the 

Jacobian matrix 𝐉 with an approximate matrix that depends on 𝐔 

on each side of the faces of the control volumes 𝐔𝐋 and 𝐔𝐑 (Left 

and Right sides). In this way the system (12) can be 

approximated as: 

 
∂𝐔

∂t
+ �̃�(𝐔)∇ ⋅ 𝐔 = 𝐒(𝐔) (18) 

�̃� can be approximated as: 
 

�̃� = [

0 𝒏𝒙 𝒏𝒚

(�̃�2 − �̃�2)𝒏𝒙 − �̃�𝑣𝒏𝒚 𝑣𝒏𝒚 + 2�̃�𝒏𝒙 �̃�𝒏𝒚

(�̃�2 − 𝑣2)𝒏𝒚 − �̃�𝑣𝒏𝒙 𝑣𝒏𝒙 �̃�𝒏𝒙 + 2𝑣𝒏𝒚

] (19) 

 

Where �̃�, �̃� and �̃� are calculated as: 

 
�̃� =

√ℎ𝐿𝑢𝐿 + √ℎ𝑅𝑢𝑅

√ℎ𝐿 + √ℎ𝑅

;   

�̃� =
√ℎ𝐿𝑣𝐿 + √ℎ𝑅𝑣𝑅

√ℎ𝐿 + √ℎ𝑅

;   �̃� = √𝑔
ℎ𝐿 + ℎ𝑅

2
 

(20) 

 

The eigenvalues and eigenvectors of �̃� are: 

 

 �̃�1 = �̃�𝑛𝑥 + �̃�𝑛𝑦 − �̃�;  𝜆2 = �̃�𝑛𝑥 + �̃�𝑛𝑦;    𝜆3

= �̃�𝑛𝑥 + �̃�𝑛𝑦 + �̃� 
(21) 

 

 

�̃�𝟏 = [

1
�̃� − �̃�𝒏𝒙

�̃� − �̃�𝒏𝒚

] ;   

�̃�𝟐 = [

0
−�̃�𝒏𝒚

�̃�𝒏𝒙

] ;   �̃�𝟑 = [

1
�̃� + �̃�𝒏𝒙

�̃� + �̃�𝒏𝒚

] 

(22) 

 

Once the matrix �̃�(𝐔𝐋, 𝐔𝐑) is defined, the eigenvalues 

�̃�𝑖(𝐔𝐋, 𝐔𝐑)  and the eigenvectors �̃�𝐢(𝐔𝐋, 𝐔𝐑) through the direct 

application of the Godunov method with the Roe's Riemann 

solver, the wave forces can be obtained averaging the variables 

at the control volume sides �̃�, �̃� and �̃�. The wave forces �̃�𝑖 are 

obtained solving the 3x3 linear system: 

 

∆𝐔 ≡ [

∆𝑢1

∆𝑢2

∆𝑢3

] = ∑ �̃�𝑖�̃�
𝐢

𝟑

𝒊=𝟏

 (23) 

 

which has the following solution: 

 �̃�1 =
∆ℎ𝑃,𝐸

2
+

∆(ℎ𝑢)𝑃,𝐸𝑛𝑥 + ∆(ℎ𝑣)𝑃,𝐸𝑛𝑦 − (�̃�𝑛𝑥 + 𝑣𝑛𝑦)∆ℎ𝑃,𝐸

2�̃�
 

 

�̃�2 =
(∆(ℎ𝑣)𝑃,𝐸 − 𝑣∆ℎ𝑃,𝐸)𝑛𝑥 − (∆(ℎ𝑢)𝑃,𝐸 − �̃�∆ℎ𝑃,𝐸)𝑛𝑦

�̃�
 

 

�̃�3 =
∆ℎ𝑃,𝐸

2
−

∆(ℎ𝑢)𝑃,𝐸𝑛𝑥 + ∆(ℎ𝑣)𝑃,𝐸𝑛𝑦 − (�̃�𝑛𝑥 + 𝑣𝑛𝑦)∆ℎ𝑃,𝐸

2�̃�
 

(24) 

 

SOURCE TERM INTEGRATION 
The correct treatment of the source term must guarantee a 

correct balance with the numerical flux 𝐅𝑏𝑖
. Therefore, when the 

bed of the domain is not flat, and the fluid is at rest, the water 

depth must remain constant regardless of the variations in the 

ground. This balance must be ensured for the term corresponding 

to the bed slope and not for the roughness terms, consequently, 

the source term can be divided as: 

 𝐒𝐳,𝐟 = 𝐒𝐳 + 𝐒𝒇 (25) 

 

 

𝐒𝐳 = [

0
𝑔ℎ𝑆𝑜𝑥

𝑔ℎ𝑆𝑜𝑦

] ;    𝐒𝒇 = [

0
−𝑔ℎ𝑆𝑓𝑥

−𝑔ℎ𝑆𝑓𝑦

] (26) 

 

The component associated with roughness 𝐒𝒇 was calculated 

directly with the Manning equation, while the 𝐒𝐳 component was 

treated in a similar way to the procedure described above, 

therefore the integral of this term must be considered on each 

face of the control volume. 

 

∫ 𝐒𝐳𝑑Ω = 𝑎𝑖 (∑ 𝛽𝑖�̃�
𝐢

𝟑

𝒊=𝟏

)

𝐿,𝑅

 (27) 

 

If the term on the right side of equation (27) is equated with 

the values of the source term 𝐒𝐳 the factors 𝛽𝑖 can be obtained: 

 

[

0
−𝑔ℎ̃(∆𝑧)𝑛𝑥

−𝑔ℎ̃(∆𝑧)𝑛𝑦

] = ∑ 𝛽𝑖�̃�
𝐢

𝟑

𝒊=𝟏

 (28) 

 

Which has the following solution: 

 
𝛽1 = −

�̃�

2
(∆𝑧);  𝛽2 = 0;  𝛽3 =

�̃�

2
(∆𝑧) (29) 

 

Therefore, the flux associated with the bed slope can be 

expressed as: 

 

𝐒𝐳𝑏𝑖
=

1

2
𝑎𝑏𝑖

(∑ 𝛽𝑛(1 − sign(�̌�𝑛)

3

𝑛=1

�̃�𝑛)

𝑃,𝐸

 (30) 
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Finally, the complete expression of Godunov's method with 

the Roe's Riemann solver, including the source term is: 

 
𝐔𝐢

𝒏+𝟏 = 𝐔𝐢
𝒏 −

∆𝑡

Ω𝑖

(∑(𝐅𝑏𝑖
⋅ 𝐧𝑖)

3

𝑙=1

+ 𝐒𝐳𝑏𝑖
)

𝑃,𝐸

+
∆𝑡

Ω𝑖

𝐒𝒇𝒊
 (31) 

BOUNDARY CONDITIONS 
The flow regime obtained within the study domain will 

depend on the boundary conditions that are set. All the boundary 

conditions are expressed as a function of ℎ, and the velocities 𝑢 

and 𝑣. Considering 𝑢𝑛 and 𝑢𝑡 as the normal and transverse 

components of the velocity respectively, to the side of the 

boundary cell. 

 𝑢 = 𝑢𝑛𝑛𝑛 − 𝑢𝑡𝑛𝑡 = 𝑢𝑥𝑛𝑥 

𝑣 = 𝑢𝑡𝑛𝑛 + 𝑢𝑛𝑛𝑡 = 𝑣𝑦𝑛𝑦 
(32) 

 

When the boundaries are solid walls that block the flow, the 

normal velocity to the contour is taken equal to zero 𝑢𝑛 = 0  and 

allowing only the tangential velocity, and for the water depth, it 

is set on the contour equal to the centroid of the ℎ𝐶 = ℎ𝑃. 

RESULTS 
The implemented solution for the shallow water equations 

described above, was validated by comparing the results with 

two problems that have been reported in the literature for two 

cases: 1D dam break and 2D partial asymmetric dam failure. The 

errors were calculated with the following expression: 

 

𝜖𝑟𝑟𝑜𝑟 = 𝜖 = √∑(ℎ𝑖𝑐𝑎𝑙𝑐𝑢𝑙𝑎𝑡𝑒𝑑

2 − ℎ𝑖𝑎𝑛𝑎𝑙𝑖𝑡𝑖𝑐𝑎𝑙

2 )

𝑛𝑛𝑒

𝑖=1

 /𝑛𝑛𝑒 (33) 

 

Where 𝑛𝑛𝑒 is the number of volumes used in the solution, 

ℎ𝑖𝑐𝑎𝑙𝑐𝑢𝑙𝑎𝑡𝑒𝑑
 is the obtained value from the simulation at the node 

𝑖 while ℎ𝑖 𝑎𝑛𝑎𝑙𝑖𝑡𝑖𝑐𝑎𝑙
 is the value at the node 𝑖 obtained from the 

analytical solution. The same expression was used to calculate 

the ℎ𝑢 errors.  It is important to see these are absolute errors and 

the impact on each calculation will depend on the scale of each 

problem. 

1D DAM BREAK 
This is the classical problem to show the ability of the scheme 

to simulate the advance of the wavefront. The problem starts 

with a fluid at rest placed in a reservoir with two different depths 

separated by an imaginary gate. At the instant t = 0 the gate is 

removed, fluid is allowed to evolve freely, and the advance of 

the wavefront is observed. The study domain is a 4m wide by 

200m long channel with a flat bed; and the imaginary gate is 

located in the middle of it. Simulations were carried out 

considering dry and wet bed to assess the ability of the model to 

represent the dry-wet fronts. The initial conditions are: 

Wet bed: 

▪ Upstream dam water depth h1=1m. 

▪ Downstream dam water depth h0=0.1m. 

Dry bed: 

▪ Upstream dam water depth h1=1m. 

▪ Downstream dam water depth h0=hmin=0.0001. 

 

Both dry and wet cases were carried out until 15s and 25s 

respectively. Two structured meshes of 144x3 and 864x6 

elements were used. The results were compared with the 

analytical solutions reported by [12]. 

 
a) 

 
b) 

Figure 2. 1D Dam break with a) wet bed until 25s and b) dry 

bed until 15s 

  

The results show a good agreement between the numerical 

and the analytical solution. Simulations were carried out 

increasing the number of elements and the errors were calculated 

and are presented in Table 1. There it is observed that in the two 

cases, the error decreases as the number of elements increases, 

as expected. For the wet bed case, the error decreases from 

0.00760 when 432 elements were used; to 0.00557 when 2592 

elements were used. For the dry bed case, the error decreased 

from 0.05259 to 0.02245 when the elements were increased from 

432 to 2592.  

Also, a simulation with a dry bed was carried out considering 

a 50m long channel and the gate was located at 25m; the time 

interval used was the necessary (11.5s) to reach the wave 

reflection. It was used a mesh of 244x3 elements and the results 

were compared with the analytical solution [12] and the results 

are shown in Figure 3. The errors at each time are presented in 

Table 2. The results evidenced that the implemented model 

correctly follows the analytical solution at each time and the 

greatest error was 0.034116 when t=11.5s and the lowest error 
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was 0.005327 when t=4s. That shows that the implemented 

scheme presents an appropriate handling of the dry-wet front 

preserving the positivity of the solution at every time step and 

the reflective boundary condition was properly implemented. 

 

Table 1. Absolute errors calculated with the different used 

meshes for the dam break problem with wet and dry bed. 

N. Elements 𝜖 Wet bed [m] 𝜖 Dry bed [m] 

432 0.00760 0.05259 

864 0.00664 0.03906 

1296 0.00615 0.03250 

1728 0.00586 0.02649 

2160 0.00569 0.02525 

2592 0.00557 0.02245 

 

 
Figure 3. Dam break with dry bed and reflective boundary. 

 

Table 2. Absolute errors calculated at different times for the dry 

bed dam break problem. 

𝜖 [m] 

t=4 0.005327 

t=7.5s 0.026649 

t=9.5s 0.031902 

t=11.5s 0.034116 

2D PARTIAL ASYMETRIC DAM FAILURE 
A bidimensional dam failure is considered, and the location 

of the gate is asymmetric and partial. The solution domain is 

squared with a side of 200m and it is outlined in Figure 4. Two 

cases with the following initial conditions were considered: 

Wet bed: 

▪ Upstream dam water depth h1=10m. 

▪ Downstream dam water depth h0=5m. 

Dry bed: 

▪ Upstream dam water depth h1=5. 

▪ Downstream dam water depth h0=hmin=0.0001. 

 

According to the implemented scheme for the dry bed case, 

it was used a hmin equal to 0.0001 for all the cells considered dry, 

in addition, a mesh of 67680 elements was used. The results at 

instants 0s, 1.2s, 3.6s and 7.2s for the wet bed case are presented 

in Figure 5 and the results for the dry bed case at instants 0s, 1s, 

3s and 5s are presented in Figure 6. When the bed is wet, the 

wavefront is created and it advances in time, while the wavefront 

is not presented when the bed is dry.  

 
Figure 4. 2D Partial asymmetric dam failure study domain. 

 

 
                        a)                                                b)  

 
                        c)                                                d)  

Figure 5. Partial asymmetric dam failure with wet bed at 

instants a) t=0 b) t=1.2s c) t=3.6s and d) t=7.2s. 

 

In Figure 7 are shown the contour lines for different water 

depths at the time t=7.2s for the wet bed case and t=5s for the dry 

bed case. These contour lines were compared with those reported 

by [13] exhibiting a correct correspondence. It is also observed 

the wet-dry front is well treated in a largely two-dimensional 

domain in the dry bed case. 

CONCLUSION  
The numerical solution of the shallow water equations was 

successfully implemented using the Godunov's method and 

Roe's Riemann solver. The validation was performed by solving 

benchmark problems and the implemented scheme showed to be 

balanced and presented correct handling of the wet-dry front 

over wet and dry flat beds, as was evidenced in the solution of 

the 1D and 2D dam failure problems.  
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                        a)                                                b)  

 
                        c)                                                d)  

Figure 6. Partial asymmetric dam failure with dry bed at 

instants a) t=0 b) t=1s c) t=3s and d) t=5s. 
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Figure 7. Contour lines for the asymmetric dam failure case 

with a) wet bed at t=7.2s and b) dry bed at t=5s. 
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ABSTRACT 
Adaptive envelopes adjust their properties and behavior to 

the dynamic requirements of buildings, improving thermal 
comfort and reducing energy demand. Thus, in this work a 
numerical model is developed in order to assess the thermal 
behavior of an innovative design of an adaptive envelope that 
includes phase change material (PCM) panels. The thermal 
analysis is conducted through the finite volume method, 
implemented in the Computational Fluid Dynamics (CFD) 
software ANSYS Fluent®. The model allows comparing the 
envelope response to transient external boundary conditions, 
with and without the PCM panels, while maintaining constant 
interior conditions for all the studied cases. The main results are 
focused on the PCM behavior and the thermal inertia 
augmentation. Concerning the PCM panels, the evolution of 
their temperature and liquid fraction in time was assessed, 
showing differences between panels placed at different heights 
in the envelope. Higher PCM panels experimented higher values 
of liquid fraction, principally in the cases where the PCMs 
underwent the phase change for the longest time. This reflects 
that for a taller envelope design, different responses could be 
expected from PCMs placed at different heights. It was also 
observed that the reduction of thermal oscillation showed greater 
values in the cases where the PCMs underwent the phase change 
the longest time. Values of 40–60% were reached in the inner 
wall and 10–20% in the outer wall. 

INTRODUCTION 
Buildings and construction sector accounted for 37% of total 

CO2 emissions and 36% of global final energy consumption in 
2021 [1]. From this, 40% of the consumed final energy was 
employed in heating and cooling on a global average [1], 
although this rises up to 64% in the European Union [2]. Taking 
into account that energy consumption and its related CO2 
emissions are expected to increase due to economic development 
in emerging countries [3], energy efficiency measures must be 
enforced.  

The envelope, the most external part of a building, plays a 
decisive role in the building energy consumption. It creates a 
physical barrier as well as an interphase between the conditioned 
interior and the exterior ambiences, subject to uncontrollable 
atmospheric conditions [4]. Current trends opt for an adaptive 
envelope strategy design: the envelope changes its behavior 
repeatedly and reversibly over time in response to variable 

NOMENCLATURE 

cp [J/kg·K] Specific heat at constant pressure 
h [W/m2·K] Convection heat transfer coefficient 
k [W/m·K] Thermal conductivity 
q [W/m2] Heat flux 
Qc [Wh/m2·day] Cooling demand per envelope unit surface 

Qh [Wh/m2·day] Heating demand per envelope unit surface 
Red [%] Reduction 
T [°C] Temperature 
TO [°C] Thermal oscillation 

Special characters 
Δt [s] Time step size
β  [-] Liquid fraction 
ρ [kg/m3] Density 
λ [J/kg] Phase change enthalpy 

Subscripts 
env Environmental 
int Interior 
l Liquid phase 
no PCM Without PCM 
PCM With PCM 
s Solid phase 
sky Effective sky magnitude for radiation heat 

exchange 
sl1 Lower limit of phase change 
sl2 Upper limit of phase change 
sol Solar 

Acronyms 
CFD Computational Fluid Dynamics 
PCM Phase Change Material 
PRESTO! Pressure Staggering Option 
SIMPLE Semi-Implicit Method for Pressure Linked 

Equations 

weather conditions, leading to enhanced comfort and energy 
consumption reduction [5].  

Adaptive behavior may be achieved including PCMs in the 
envelope creating a latent heat thermal energy storage. PCMs 
create heat or cold sources when they are molten or solidified, 
respectively, and they contain more energy per unit volume than 
sensible heat storage in lightweight structures. This leads to an 
enhanced heat transfer control through the envelope, which 
increases indoor thermal comfort and reduces overall energy 
consumption in the building [6]. 

Due to these advantages, integration of PCMs in building 
envelopes has been studied by several authors. Cabeza et al. [7] 
reviewed, for multiple PCMs, their thermophysical properties, 
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long term stability, encapsulation methods and fire retardation 
strategies. De Gracia et al. numerically and experimentally 
assessed PCMs addition to a ventilated façade for cooling and 
heating [8,9]. Silva et al. [10] studied the effect of PCMs inside 
alveolar brick cavities and Jin et al. [11] opted for PCM sheets 
between insulating materials. These studies showed that thermal 
oscillation (difference between the maximum and minimum 
values of temperature) was reduced up to the half respect to the 
case without PCMs, and the thermal load peak was shifted at 
least two hours. On top of that, Jin et al. [11] assessed the effect 
of the PCMs position in the envelope, demonstrating there exists 
a strong relationship between the PCMs position and the 
envelope behavior. Saffari et al. [12] assessed the optimal phase 
change temperature for PCMs integrated in plasterboard 
depending on the climate. They concluded that in heating 
dominant climates the optimal range is 18–22°C, whereas in 
cooling dominant climates it is 24–28°C. 

As a result, in this work, a numerical CFD model of an 
adaptive envelope module with PCM panels is presented. Its 
behavior is compared to the same case without PCMs todiscuss 
energy demand reduction and thermal comfort increase. 
 

NUMERICAL MODEL 
A numerical model that studies the transient thermal 

performance of adaptive envelopes under varying boundary 
conditions which simulate the northern Spain climate was 
developed using ANSYS Fluent® 2020-R1 Academic Research 
License [13]. Environmental temperature Tenv, effective sky 
temperature for radiation heat exchange Tsky and solar global 
irradiation qsol were taken from Meteonorm database [14] for a 
typical meteorological day of each season in Gijón, Spain. These 
magnitudes were defined by 24 values, one for each hour of the 
day, and they are shown in Figure 1. The simulation period was 
extended to 32 hours, using the first 8 hours for thermal 
stabilization and analyzing the results in the following 24 hours. 

The behavior of the envelope is characterized firstly without 
PCMs, thus Fluent solves the mass, momentum and energy 
conservation equations. Then, the built-in Solidification and 
Melting model is activated [15], which solves the phase change 
by defining a liquid fraction β for each cell that ranges from 0 
(solid) to 1 (liquid), and that is computed in each iteration as 
shown in Equation (1). The model requires the mushy zone 
parameter as an input, defined as 105 in this work. This parameter 
affects the source term in the momentum equation. Turbulence 
was characterized with the Laminar Fluent’s built-in model for 
all the cases. 

. 

 

𝛽𝛽 =

⎩
⎪⎪
⎨

⎪⎪
⎧

.
0                 ,          𝑖𝑖𝑖𝑖  𝑇𝑇 < 𝑇𝑇𝑠𝑠𝑠𝑠1

.
𝑇𝑇 − 𝑇𝑇𝑠𝑠𝑠𝑠1
𝑇𝑇𝑠𝑠𝑠𝑠2 − 𝑇𝑇𝑠𝑠𝑠𝑠1

    ,   𝑖𝑖𝑖𝑖  𝑇𝑇𝑠𝑠𝑠𝑠1 < 𝑇𝑇 < 𝑇𝑇𝑠𝑠𝑠𝑠2
.

1                ,           𝑖𝑖𝑖𝑖 𝑇𝑇 > 𝑇𝑇𝑠𝑠𝑠𝑠2
.

 (1) 

. 

Second Order Upwind discretization method was used for 
momentum and energy, Second Order Implicit for time and 
Least Squares Cell Based for gradient. The pressure-velocity 
fields were linked by SIMPLE algorithm. Pressure was 
discretized by Second Order method in the cases without PCMs, 
and it was changed to PRESTO! for the cases with PCMs.  

Convergence criteria was the same in all the cases with scaled 
residuals of 10-5 for continuity, 10-6 for momentum and 10-11 for 
energy. To reach them, 500 iterations per time step were set.  

. 

 

 

Figure 1 Meteorological data for the typical day of each 
season: (a) environmental temperature, (b) effective sky 

temperature and global solar irradiation 
. 

Simulation domain and materials 
The proposed numerical model is based on a lab-scale 

prototype of an adaptive envelope that will be used in future 
works to validate the simulations. It consists of two gypsum 
boards, with an air chamber between them. One of the boards 
counts on three wooden sliding rails, which hold the PCM 
panels. A scheme of the system is presented in Figure 2. 

The studied PCMs are commercial panels made of paraffins 
macroencapsulated in aluminum casing [16] that undergo phase 
change for a temperature range. Based on the seasonal average 
environmental temperature, three PCMs were chosen, and their 
average phase change temperatures are specified in Figure 1 (a) 
with dark gray lines. The chosen PCMs have common values of 
thermal conductivity k (0.2 W/m·K), specific heat cp (2000 
J/kg·K), solid phase density ρs (880 kg/m3) and liquid phase 
density ρl (770 kg/m3). The phase change enthalpy and upper and 
lower limits of phase change temperature are shown in Table 1. 
The viscosity of the liquid phase was computed following the 
method developed by Ferrer et al. [17]. 

The aluminum capsule containing the PCMs was not 
explicitly modelled, since its thickness is negligible. Standard 
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properties for wood and gypsum were taken, except for 
gypsum’s conductivity, 0.26 W/m·K, which was experimentally 
determined. Air properties were defined as a function of 
temperature and were extracted from the literature [18]. 

 
 Figure 2 Details and dimensions of the model with PCMs (a) 

and without PCMs (b) 
 

Table 1 Phase change enthalpy and phase change temperature 
limits of the studied PCMs [16] 

PCM λ (J/kg) Tsl1 (ºC) Tsl2 (ºC) 
RT11-HC 200000 10 12 
RT-15 155000 10 17 
RT18-HC 260000 17 19 

 
Boundary conditions 

A constant boundary condition of convection was applied to 
the inner wall, with hint of 7.69 W/m2·K [19] and Tint of 20°C for 
all the cases. Top and bottom walls were modelled as adiabatic. 
For the outer wall, 3 different boundary conditions were applied:  
• CASE 1 includes a constant hext of 25 W/m2·K and the 

environmental temperature Tenv. This case was defined to 
experimentally validate the numerical models in the future.  

• CASE 2 takes into account the radiation loses by the heat 
exchange with the sky, thus representing the heat exchange 
of a north-oriented wall.  

• CASE 3 adds the heat gain by solar irradiation to the 
convection and the radiation heat losses. This represents the 
heat exchange of a south-oriented wall. This boundary 
condition was implemented through a user-define function 
programmed in C language, compiled in Fluent. 

Emissivity and absorptivity of gypsum were set to 0.9 [20] and 
grey body hypothesis was considered. 

 
Mesh and time step size 

For the cases without PCMs, the grid was structured, 
consisting of rectangular equal cells. Three sizes of cells were 
analyzed, vertical x horizontal respectively:  

a) 10mm x 4mm (7623 cells) 
b) 5mm x 2mm (28314 cells) 
c) 2.5mm x 1mm (113256 cells) 
 

Sizes b) and c) showed no differences, so sizing b) was 
selected. The PCM panels were meshed with 3mm x 1mm cells 
and the rest of the domain kept the previous cell size. This 
yielded a dominion of 41978 cells.  

Time steps of 1, 2 and 5 minutes were studied for the cases 
without PCMs, and 1, 2 and 3 seconds when PCMs were 
included. 5 minutes and 2 seconds were the optimum values. 

RESULTS AND DISCUSSION 
The envelope temperatures, the heat fluxes and the liquid 

fraction in the PCMs were studied. These parameters were used 
to determine the energy demand to maintain an interior 
temperature of 20ºC. Reduction of the thermal oscillation and the 
behavior of the PCMs were analyzed. Values of these variables 
in the surfaces are computed as an area-weighted average, 
whereas values for whole bodies are mass-weighted averaged. 
Refer to reference [15] for further information.  

Thermal oscillation is defined as the difference between the 
maximum and the minimum temperature in a specific wall of the 
enclosure. Reduction of thermal oscillation when PCMs are 
added is calculated according to equation (2). 

 
𝑇𝑇𝑇𝑇 𝑅𝑅𝑅𝑅𝑅𝑅 =  

𝑇𝑇𝑇𝑇𝑛𝑛𝑛𝑛 𝑃𝑃𝑃𝑃𝑃𝑃 − 𝑇𝑇𝑇𝑇𝑃𝑃𝑃𝑃𝑃𝑃
𝑇𝑇𝑇𝑇𝑛𝑛𝑛𝑛 𝑃𝑃𝑃𝑃𝑃𝑃

· 100 (2) 

Energy demand is defined as the energy provided by a 
heating or cooling system to keep the interior temperature at 
20ºC. Given that the heat flux is positive when it flows in from 
outside, the heating and cooling demand per unit surface is 
calculated as indicated in equations (3) and (4). The reduction of 
energy demand is calculated in the same manner as the reduction 
of the thermal oscillation, shown in equation (2). This is, 
substituting in equation (2) thermal oscillation by demand. This 
is valid both for heating and cooling demand. 

 
�̇�𝑄ℎ = � |�̇�𝑞𝑖𝑖𝑛𝑛𝑖𝑖| · Δ𝑡𝑡

�̇�𝑞𝑖𝑖𝑖𝑖𝑖𝑖<0

 (3) 

 �̇�𝑄𝑟𝑟 = � �̇�𝑞𝑖𝑖𝑛𝑛𝑖𝑖 · Δ𝑡𝑡
�̇�𝑞𝑖𝑖𝑖𝑖𝑖𝑖>0

 (4) 

 
Behavior of the PCM panels  

In order to characterize the PCM panels’ behavior it is 
necessary to analyze the liquid fraction.  

Although these panels are not the most effective to store heat 
or cold because of their thinness, the phase change process 
contributes to stabilize the internal wall temperature. Hence, the 
time during which the PCMs are active is defined as the periods 
when their liquid fraction is different from 0 and 1. The values 
for this parameter in each case are gathered in Table 2. 

The evolution of the liquid fraction over time is shown in 
Figure 3. In winter and spring, the greatest differences of liquid 
fraction were observed between the upper and lower panels due 
to the stratification of the air inside the chamber (up to 0.2 in 
winter in CASES 1 and 2). In summer and fall, both panels 
exhibit the same behavior, with no differences between the 
panels. It was also appreciated that the melting process (rising β 
sections) is always faster than the solidification (decreasing β 
sections), especially when solar irradiation is taken into account. 
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Figure 3 Liquid fraction evolution over time in winter (a), spring (b), summer (c) and fall (d)  

 

 
Figure 4 Liquid fraction evolution over time in the upper PCM panel in spring (CASE 3) 
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Table 2 Percentage of day (%) during which PCMs are active 
 CASE 1 CASE 2 CASE 3 
Winter 100.00 100.00 69.29 
Spring 100.00 100.00 77.23 
Summer 79.40 100.00 57.78 
Fall 78.78 87.85 63.07 

 
In Figure 4, the liquid fraction evolution of the upper panel 

in spring in the case with solar irradiation (CASE 3) is shown. 
This case presented the greatest differences between minimum 
and maximum values of the liquid fraction. The melting process 
started in the upper part and advanced downwards. The opposite 
happens in solidification. Besides, the solid-liquid interphase 
advanced quicker on the air side than on the gypsum side at 
night, whereas it moves slower during daytime. This behavior is 
in accordance with the lower environmental temperature during 
the night (when solidification process takes place) than in the air 
chamber, and with the acceleration of the melting process due to 
the solar irradiation during the daytime.  

 

Reduction of thermal oscillation 
In all the studied cases, the addition of PCMs reduces the 

thermal variation along the envelope. In the outer wall this 
reduction is lower, varying between 10-20%, while in the inner 
wall it ranges from 40 to 60%. Figure 5 contains the values of 
reduction of thermal oscillation for all the cases. 

The cases with solar irradiation presented the lowest 
reduction of thermal oscillation. This is because the PCMs were 
active for short periods. They were molten during a period of 
time which ranged from 5h in spring to 10h in summer. CASE 2 
showed the highest reduction of thermal oscillation in the inner 
wall, where the PCMs were active the longest. However, in the 
outer wall, the case that showed the highest reduction of thermal 
oscillation was CASE 1. 

 
Effect on energy demand 

The energy demand (either heating or cooling) represents the 
heat losses or gains through the envelope. Firstly, the demand 
was calculated for the cases without PCMs (see dots in Figure 
6).  

 
 

   
Figure 5 Reduction of the thermal oscillation after adding PCMs: (a) in the outer wall and (b) inner wall 

 

  
Figure 6 Energy demand without PCMs and reduction after adding them: (a) heating and (b) cooling 
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As expected for a location with mild Atlantic climate in a 
coastal city, the highest energy demand was associated to heat 
losses, i.e., heating. On average, the heating demand per unit 
surface was 200 Wh/m2·day in winter, 140 Wh/m2·day in spring, 
35 Wh/m2·day in summer and 65 Wh/m2·day in fall. The main 
seasonal demand is due to heating, except for summer. Cooling 
demand was not null in CASE 3 for all seasons and also in CASE 
1 and 2 only in summer. 

For envelopes with PCMs, energy demand varied as follows. 
In winter and spring, the reductions of the heating demand in 
percentage were the lowest, mainly because these seasons 
experiment the highest energy demands. In summer, a larger 
reduction of heating energy demand was achieved since its initial 
value was lower than in other seasons. On the other hand, the 
cooling demand in winter and spring was reduced up to 80% 
since the cooling demand was marginal in the cases without 
PCMs. In summer, when a non-negligible cooling load exists, a 
full reduction was attained in the cases with no solar irradiation, 
whereas the cooling demand was reduced a 20% when this effect 
was included.   

CONCLUSIONS  
 

Results from the mathematical model indicate that the 
adaptive envelope with PCM panels dampens the outer 
temperature oscillations, due to the thermal inertia augmentation. 
These temperature oscillations in the outer wall are barely 
reduced by the PCMs addition. However, reductions of 40-60 %, 
which increase the thermal comfort, are attained in the inner 
wall. Because of the higher thermal inertia and the diminished 
fluctuations in temperature and heat flux in the inner wall, the 
associated energy demand was reduced. 

The PCM panels’ behavior inside the air chamber was 
analyzed, studying the liquid fraction evolution in time. The 
PCMs were defined as active during the time they underwent the 
phase change process, thus excluding the moments when they 
remained completely solidified or molten. The main use of these 
thin PCMs in this work is not focused on energy storage. 
However, it was demonstrated that they do improve thermal 
inertia if they are kept under phase change process as long as 
possible. 

Besides, different values of liquid fraction were observed in 
the upper and lower panels, experimenting the former slightly 
higher values, especially with no solar irradiation. These 
differences are owed to the natural convection inside the air 
chamber, where the hotter air accumulates in the upper part. It is 
concluded from this that if the envelope’s aspect ratio were 
different, taller designs would yield to greater differences 
between the panels. Thus, the present conception of the adaptive 
envelope with PCMs contributes to inner surface’s temperature 
uniformity, even if a slight gradient in liquid fraction is observed 
with height. 

Finally, the phase change temperature of PCMs must be 
carefully chosen, looking for the longest active time, to dampen 
the weather conditions in the interior ambience. It is outlined as 
future work the necessity of conducting experimental tests to 
validate the model and study the effects of the aspect ratio. 
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ABSTRACT 
Due to the recent rise in demand for renewable energies, 

several problems have emerged, such as how to best store the 

energy at times when production is higher than demand, how to 

discharge the stored energy when the grid demand rises, as well 

as how long the energy can stay stored with minimal losses. To 

mitigate these problems, we focus on sorption technology as a 

storage medium due to its relatively high energy storage density 

and because it has the potential for long-term (seasonal) 

storage. 

In the current research, we develop a numerical thermal 

analysis of Sorption Thermal Energy Storage (STES) systems, 

which undergo cooling and heating cycles to charge and 

discharge the stored energy. The method used is the finite 

differences lumped capacity method, which gives us the ability 

to obtain a simplified parametric code implemented in 

MATLAB. The model is two-dimensional, and it determines the 

performance of a single tube (finned or smooth). The model is 

fully parametric and allows the investigation of various 

dimensions, materials, and operating conditions.  

Modeling a single tube out of a tube bank, provides the 

ability to quickly simulate many tests and to optimize the 

design for any desired target. The model is time-dependent, 

thus, enabling the calculation of the charging and discharging 

times, which are necessary to reach a unified temperature 

distribution and the required energy to be stored. 

The current paper presents the results of a smooth copper 

pipe tube bank, aiming for heating and cooling a medium of 

methanol and activated carbon, for storing energy of about 4 

MJ within approximately 1 hour of charging time. This research 

is now at the production stage of a laboratory demonstrator to 

validate the numeric model, as well as the entire energy storage 

method. 

INTRODUCTION 
Our research focuses on optimizing the mechanical design 

of the heat exchanger, for any adsorbent – adsorbate pair. Some 

examples are a tube bank heat exchanger [1], or a honeycomb 

heat exchanger [2]. The current research is based on our 

experience in modeling heat and mass transfer of sorption 
machines [3-5], and our capabilities in measuring the thermal 

properties of sorbent beds. 

Thermal energy can be stored in a variety of ways such as 

latent heat, sensible heat, and thermochemical (sorption) [6]. 

The main differences between the three types of storage are the 

energy density (mass and volumetric). With sensible heat 

having the lowest density followed by latent heat and then 

thermochemical storage with the highest of the three. Another 

advantage of thermochemical storage is the fact that it doesn’t 

require storage at a specific temperature or pressure. Thermal 

energy is harvested by a desorption process, which is 

endothermic, that yields a “dry” adsorbent and a fluid (the 

adsorbate), which is separately stored in a vessel. Assuming a 

leak tight system, this situation can be kept forever, which is 

the energy storage period. When the thermal energy is required, 

the stored fluid is introduced to the adsorbent and the 

adsorption process, which is exothermic, generates the heat. 

The reaction is described by: 

      (1) 

In Equation 1 material A is the sorbate and B is the sorbent. 

Sorption is a chemical reaction that is a function of surface area 

and for this reason, many systems are based on Activated 

carbon since they have a large surface area per mass of 

material, which can reach well above 900 m2 /gr [11] and the 

choice of material B is in accordance with the heat of 

adsorption, which is the heat that is released during the 

adsorption process.  

This gives sorption storage a large advantage of “unlimited” 

storage time making this an optimal candidate for the goal of 

seasonal storage.  

Sorption Chemical storage systems have two main types of 

running options being open or closed systems [2]. We develop 

a closed system that works on charging and discharging cycles 

by running a Heat Transfer Fluid (HTF) through a tube bank 

and transferring the heat from the tubes to the medium of the 

sorbent bed materials. Our main goal is to reach a unified 

temperature profile within a certain amount of time and then we 

will be able to know the size of the affected area of a single 

tube. Once we have this information, we will be able to design 

a full-scale Tube Bank Heat Exchanger and calculate the 

amount of energy we will potentially be able to store in the 

system.  
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Many pieces of research have been published in the field of 

sorption thermal energy storage. [3-5]. Sorption technology is 

used by many for storage applications due to its relatively high 

energy density to mass ratio and since it has the potential for 

large-scale long-lasting storage. The most common working 

fluids are water and methanol [3,4], where many adsorbents are 

considered [2,4], such as activated carbons, silica gels, zeolites, 

and other sophisticated materials [6]. In this paper, we will look 

at the results of a numerical simulation that predicts the heat 

transfer, temperature change, and amount of energy stored in a 

sorption heat exchanger built of a tube bank with a medium of 

activated carbon (sorbent bed) and using methanol as the 

adsorbent material. Since the temperature change in a finned 

tube does not have an analytical solution, we will solve it 

numerically using the finite element differences method. The 

goal and purpose of running these simulations are to help us 

design the heat exchanger for the production of a prototype for 

a full-fledge storage system.  

NOMENCLATURE 
 

A  Sorbate material 

 [m2] Area of conduction heat transfer  

 [m2] Area of convection heat transfer 

B  Sorbent material 

c [J/kgK] Specific heat capacity 
C [J/K] Element heat capacity 

h [W/m2K] Convection coefficient 

 [kj/kg] Enthalpy of HTF 

i  Radial elements 

j  Axial Elements 

k 
Nu 

[W/mK] Thermal conductivity 
Nusselt number 

 [kg/s] Mass flow rate  

 [W/m3] Volumetric heat generation  

r [m] Radius 
R 

Re 

[W/K] Thermal resistances 

Renolds number  

t [s] Time 
T [K] Temperature 

V [m3] Volume 

x [m] Cartesian axis direction  
z [m] Cartesian axis direction 

 

Special characters 
ρ [kg/ m3] Density of material  

 [Pas] Dynamic Viscosity 

 

HEAT TRANSFER MODELING 
 

The numerical model aims for optimizing different fluid 

heat exchangers, such as tube banks, inline or staggered, helical 

tubes, finned tubes, and more. By calculating the radial affected 

area from a single tube and through axisymmetry constructing a 

tube bank. Figure 1 Shows two types of tube bank heat 

exchangers: inline and staggered. The figure also shows radial 

areas around every tube, which cover the majority of the entire 

volume. These circled areas around the tubes refer to the 

affected area by the tubes. The circled areas in the inline 

configuration equal 78% of the total rectangular area (sorbent 

bed), and for the staggered configuration this ratio is 80%. 

Therefore, we decided to model the complex heat exchangers, 

which will be considered down the road of our research, by a 

single tube model, with a cross-section view shown in figure 2. 

 

Figure.1 inline and staggered tube banks with affected area shown 

 

The numerical simulation is built in a way that it let us run a 

large verity of tests and compare the results, the code is fully 

parametric, therefore, we can easily change the geometric 

properties of the model such as the inner tube radius or shape of 

the pipe. Other parameters we can control are the materials we 

have in use for the sorbent bed, pipes, and the outer vessel, for 

these materials we can change the thermal conductivity, 

density, and thermal capacity. Lastly, we can select any type of 

HTF and determine its mass flow rate and inlet temperature. 

The equation that we solve is the energy balance equation 

for cylindrical coordinates: 

 

  (2)     

 

Where ρ is the density (kg/m3), c is the specific heat capacity 

(J/kg·K), T is the temperature (K), t is time (s), k is the 

conductive heat transfer coefficient (W/m·K), r and z are the 

radius and length of the heat exchanger (m), respectively, and 

 is volumetric internal heat generation (W/m3), which for 

the adsorbent sections equals the adsorption and desorption 

heats. From this equation, we calculate the temperature 

distribution in the heat exchanger by dividing the model into 

elements shaped as small rings assuming angular symmetry as 

seen in figure 2. 

 

Figure.2 schematic single pipe ring elements 

In figure 2 we see a cross section of the heat exchanger, in the 

radial direction. Figure 3 shows a cross section of the model 
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along its axis. Row i=1 represents the HTF, row i=2 represents 

the tube, and rows i=3 to i=n represents the adsorbent area, 

which includes the tube fins, if these exist. Figure 3 shows four 

points (Points A-D) that provide indication about the 

temperature uniformity, therefore, we look at the temperature 

of these points as a function of time. The elements at j=1 and 

j=m represent the outer vessel of the system. 

 

 

Figure.3 length view of a single tube for element distribution for a 

smooth copper pipe. 

 

NUMERICAL METHOD 
The numerical method that we developed and used is based 

on a finite element differential method. Our goal is to obtain a 

simple model with the ability to run simulations quickly and 

still get sufficiently accurate results. The relevant equation that 

we solve is: 

 

𝐶𝑖 ,𝑗 ∙
𝑇𝑖 ,𝑗  
𝑝+1

− 𝑇𝑖 ,𝑗  
𝑝

∆𝑡
=  𝑞 𝑔𝑒𝑛 𝑖,𝑗

∙ 𝑉𝑖,𝑗 
𝑝

+ 𝑚  ℎ𝑖𝑛 − ℎ𝑜𝑢𝑡  +   
𝑇𝑖 ,𝑗 − 𝑇𝑖 ,𝑗

𝑅𝑖 ,𝑗
  
𝑝

𝑛 ,𝑚

𝑖 ,𝑗

           

   (3) 
 

The first part of equation 3 is the elements heat capacity 

multiplied by the temperature difference of the element in this 

timestep as opposed by the previous timestep divided by the 

size of a single time step.  The second part of equation 3 is the 

volumetric heat generation of the element multiplied by the 

element’s volume. The third part of equation 3 is the sum of 

temperature differences between the elements we are focused 

on, and its four neighboring elements divided by the thermal 

resistances between each pair. If we isolate the future 

temperature from the rest, we receive the following equation: 
 

     (4) 
 

Where i & j represent the element coordinates (see figure 3.),  

t is the size of the time step (s), p is the number of time steps, 

V is the volume of an element (m3), and  is the mass flow rate 

(kg/s), which is valid only for the HTF elements. Rij is the 

thermal resistance between any pair of elements in contact 

(K/W), which consists of conduction, convection, and contact 

resistance. hin and hout are the enthalpies of the incoming and 

outgoing HTF flow, respectively.  
 

The heat capacity of each element is calculated by:  

 

                          (5) 

The thermal resistance between two adjacent elements can be 

either conductive or convective: 

               (6)  

Where k (W/mK) is the conducive heat transfer coefficient and 

h (W/m2K) is the convective heat transfer coefficient. The 

conductive heat transfer coefficient is available for most 

materials, where for the adsorbent in use is separately measured 

in our lab. The convective heat transfer coefficient is valid for 

the HTF elements only and is calculated by common 

correlations, according to the flow regime 

Results 

In this section we examine a case study. of a single finned 

tube, where its geometrical properties are listed in table 1, and 

the main material properties are provided in Table 2. 

Table 1 - Geometric Properties for case study number 1 

Table 2 - Material properties 

 

Figures 4-7 show the temperature change in the sorbent bed at 

four different times; 1,5,10,20 minutes. These results are for an 

 Value Units 

Length of tube 1 m 

Inner tube radius 0.82 mm 

Tube thickness 0.89 mm 

Length of element 1 cm 

Radius of element 1 mm 

Property Material Value Units 

Specific 

Heat 

Capacity 

Water 4182 

J/kgK 

Copper 385 

Activated 

Carbon 
710 

SS 314 480 

Density 

Water 945.62 

kg/m3 

Copper 8960 

Activated 

Carbon 
600 

SS 314 7833 

Thermal 

Conductivity 

Water 0.645 

W/mK 

Copper 385 

Activated 

Carbon 
0.63 

SS 314 16.2 
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initial sorbent bed temperature of 298K and a HTF (water) inlet 

temperature of 358.15K (85 C), the mass flow of the HTF is 

0.2 g/s and the size of a time step equals 2 milliseconds. The 

calculated Reynolds number is 463, giving a laminar flow and a 

claculated convection coefficiant of h=1456 [W/m2K] . The 

sidebar show the temperature in Kelvin units. The HTF is 

entering into the system from the bottom left most element and 

that is why w e see that area rise in temperature first. 

 

 Figure 4 Temperature profile at t=1 minute   

 

Figure 5 Temperature profile at t=5 minutes 

 

Figure 6 Temperature profile at t=10 minutes 

 

Figure 7 Temperature profile at t=20 minutes 

Figure 8 shows the temperature change of point A-D (see figure 

3) during about 60 minutes heating phase, starting at 298K, . 

The results in figure 8 provide an indication about the 

temperture distribution of the sorbent bed and help in 

determining the require heating duration for a desired 

temperature uniformity. Figure 9 shows the temperatures of 

points A-D during a cooling process, where the initial sorbent 

bed temperature is 333K and the HTF inlet temperature is 288K 

and its flow rate is 0.2 g/s. The results in figure 9 indicate that a 

60 minutes coooling process yiled a relatively uniform 

temperature of  293 K in the sorbent bed.  
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Figure 8 Temperature change of points A-D during heating cycle 

 

Figure 9 Temperature change of points A-D during cooling cycle 

CONCLUSIONS 
Sorption thermal energy storage systems have much 

potential for short terms and seasonal applications, with high 

energy density, relative to sensible and latent heat storage 

systems. Our research aims to develop a simple numerical 

model for describing a large range of heat exchanger 

configurations and to allow the optimization of the mechanical 

design for every application. The model is fully parametric, and 

is, therefore, suitable for any working pairs, any size scale, and 

operating conditions. Preliminary results are presented and 

discussed, to describe the predicted capabilities of the model in 

our future work. The results which are presented herein 

demonstrate the capabilities of the model to investigate 

different system designs. 
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ABSTRACT 
This study numerically analyzes the characteristics of 

shock wave propagation in air, water, and interface. The flow 

physics like reflection, transmission, cavitation, and shock 

wave propagation were qualitatively and quantitatively studied. 

The computational fluid dynamics (CFD) simulation is carried 

out in a domain that has air, water, and TNT. Air, water, and 

TNT were modeled using the ideal gas equation of state (EOS), 

Mie-Gruneisen (shock), and Jones-Wilkins-Lee (JWL) EOS, 

respectively. In this simulation, 10 kg of TNT is numerically 

exploded in the air, water, and interface [3]. In an air explosion, 

the shock wave propagates and reaches the air-water interface. 

Due to the acoustic impedance of water, the incident shock 

wave reflects as a compression wave, and part of the wave is 

transmitted into the water. The acoustic impedance of water is 

very much higher than that of air, so this water surface acts like 

a solid wall. On the other hand, the incident shock wave 

reaches the water-air interface in a water explosion. Due to 

acoustic impedance of water shock wave reflects as expansion 

wave, resulting in cavitation [5]. In an interface explosion, a 

shock wave propagates both air and water, and the propagation 

and attenuation of the shock wave were studied and compared. 

Hence, each case was numerically visualized in this study, and 

the results were compared. 

INTRODUCTION 
Initially, researchers were interested in explosion-related 

studies due to military applications and later extended to 

various other fields. The medium of explosion where it is fixed 

plays a crucial role in explosion-related studies [7]. The blast at 

any medium damages structures and materials [9]. But for the 

same amount of explosion, the characteristics of shockwave 

propagation vary for a different medium. Hence, an explosion 

in the air, water, and interface was numerically studied. The 

main objective is to capture the shock wave propagation 

characteristics and cavitation effects near the water-air 

interface. 

In any kind of explosion, the shock wave propagates from the 

center and reaches the two types of the interface [1]. The first 

one is fluid (air/water/interface) and the next one is a structure. 

The shock front interacts with either an air-water interface or a 

fluid structure in the underwater explosion. In the interface 

region, the incident shock and reflected shock cancel each 

other, resulting in the expansion of the shock wave [10]. 

Whereas fluid-structure interaction depends upon the strength 

of the structure, the shockwave is either a compression or 

expansion wave. In an air explosion, the shock wave reaches 

the air-water interface. Due to the acoustic impedance of water, 

water acts as a solid body and results in compression of 

shockwave near the interface. In an interface explosion, the 

shock wave transmits into both air and water in different 

magnitudes. The attenuation of the shockwave is different for 

both air and water. Hence in this study, a numerical model with 

the Mie-Gruneisen (shock) Equation of state [8] is employed to 

study the flow characteristics, cavitation, and attenuation 

effects of the shockwave and discussed. 

NUMERICAL METHODS 
Governing Equation 

In this study, the Euler equations were solved using the Finite 

Volume Method (FVM) [6]. The FVM solver solves flow field 

variables at each grid point for various periods. The governing 

equations such as Conservation of mass, momentum, and 

energy equations were solved using the FVM approach. The 

equations are as follows: 

( ). 0
v A

d
dV u n dA

dt
 + =  (1) 

( ).i i i

v A A

d
u dV u u n dA pn dA

dt
 + = −   (2) 

( ). .
v A A

d
EdV E u n dA u pndA

dt
 + = −   (3) 

where pressure, velocity, area, volume, density, and specific 

total energy is denoted as P, u, A, V, ρ, and E, respectively. The 

normal vector of each element face is represented by n. 

For an inviscid 2D compressible flow, we have 

( ) ( )
0

F U G UU

t x y

 
+ + =

  
(4) 

For gas flow, the equation is given as follows, 

( ) ( )

2

2
, ,

u v

uvu pu
U F G

uv v pv

E E p u E p v

 



 

    
     +    = = =
     +
    

+ +        

(5) 

where u and v are flow velocity in the x and y direction 

respectively. 

Explosives were modeled using Jones, Wilkins, and Lee (JWL) 

EOS. The equation is as follows: 

1 2

1 2

1 2

1 1
R R E

P C e C e
R R

   

  

− −   
= − + − +   

   
(6) 

where E and v are specific internal energy and specific volume, 

respectively. C1, C2, R1, R2, and ω are material constants. In 

this study, the commercial hydrocode software is used, and the 

values of all other constants are available in the hydrocode 
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package [4]. Water and Air were modeled using Mie-Gruneisen 

(shock) and ideal gas EOS, and the equations are as follows: 

( )
( )

 r v r

v
P P e e

v



= + −     (7) 

( )
0

1P E





= −       (8) 

where Г(v) is Gruneisen gamma which is the thermodynamic 

property and   is the specific heat ratio (  = 1.4). 

 

Computational Domain 

Figure 1 shows the computational domain. It is 6*10 m in 

length and height and symmetric about the Y-axis. The lower 

half is filled with water and the upper half with air, separated by 

an interface. Three cases were analyzed in this study. Case 1 – 

Explosion in water, Case 2 – Explosion in air, and Case 3 – 

Explosion in Air-Water interface. TNT is used as the explosive 

with a charge weight of 10kg. The Euler sub-grid is employed 

to study the flow properties. The grid is equally spaced, and the 

flow is allowed to pass through the material. The gauge points 

were fixed near the explosive region and close to the interface 

to monitor the pressure-time history. The numerical domain is 

modeled using transmitting boundary conditions to reduce 

stress wave reflection from boundaries. 

 
Figure 1 Computational Domain of Case 1) Explosion in water 

Case 2) Explosion in air & Case 3) Explosion at interface 

 

VALIDATION 
Due to a lack of experimental data in an underwater explosion, 

the numerical model was validated against analytical results. 

The analytical results were calculated using peak pressure and 

time decay formulas from the underwater explosion by RH 

Cole [2]. The formulas are as follows:    

( ) /t

mP t P e −=       (9) 

Where θ, t, and Pm denote the exponential time decay constant, 

time, and shockwave peak pressure, respectively. The peak 

pressure and time decaying constant are as follows: 

11/3

1m

W
P k

R


 

=  
 

      (10)  

21/3
1/3

2

W
k W

R




 

=  
 

     (11) 

where W is the weight of explosives and k1, k2, α1, and α2 are 

constants. 

Analytical results were calculated using equation (9), and it was 

compared with present CFD results at a location of 1.5m from 

the explosion. The results are shown in figure 2. It shows that 

the shock front instantly reaches the peak and quasi 

exponentially returns to its initial values. The pressure-time 

results predicted by the numerical model show good agreement 

with analytical results. In figure 2, there are few numerical 

oscillations following the peak pressure. It may be due to strong 

shockwave discontinuity, and a numerical model cannot predict 

it. In this result, the initial shock strength and peak pressure of 

both CFD and analytical results match reasonably well. The 

relative errors of arrival time and peak pressure magnitude are 

negligible. 

 

 
Figure 2 Comparison of CFD & Analytical results at distance 

of 1.5m from explosion. 

 

RESULTS 
The explosion near the air-water interface involves a complex 

physical phenomenon. Each case follows different flow physics 

like reflection, transmission, cavitation, and propagation of 

shock waves. 

 

Case 1 Explosion in Water 

In case 1, the computational domain has water and air separated 

by an interface. The underwater explosion is positioned at 1m 

below the interface. Once the explosion ignited, the shock wave 

propagates in all directions, as shown in figure 3. 
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Figure 3 Pressure contour of Explosion in water at time 

t=0.5ms 

 

The shock front moves towards the water-air interface. Once 

the shockwave strikes the interface, part of the wave transmits, 

and the rest reflects in the water. In this study, the main 

parameter that comes into play is acoustic impedance. At 1 atm 

and 15oC, the acoustic impedance of air and water is 410 

and1.5*106 kg m-2s-1, respectively. This value shows that the 

acoustic impedance of water is nearly 3500 times higher than 

that of air.  
  

 
Figure 4 Pressure contour of Explosion in water at time t=1ms 

  

Due to the huge difference in acoustic impedance between 

air and water, the shockwave cannot transmit through the 

interface considerably, as shown in figure 5. The incident and 

reflected shock waves are of equal magnitude in this region. 

Hence both the wave meets in the interface region and cancels 

each other. It results in a sudden drop in shock pressure below 

the interface, which leads to cavitation, as shown in figure 4. 

  

Figure 5 shows the wave diagram of an underwater explosion. 

In figure 5, the explosion is fixed at 1m below the interface, 

and it begins at time t=0. The shock propagates in water, and on 

the other side, it approaches the water-air interface. Due to 

acoustic impedance, the transmitted shock is minimal compared 

to reflected shock. The reflected expansion wave drops below 

the ambient pressure, resulting in cavitation, as shown in figure 

4. 

 

 
Figure 5 Shock wave diagram of Case 1 - Explosion in water 

 

Case 2 Explosion in Air 

In this case, the explosion is fixed in the air. After the 

explosion, the shockwave moved towards the air-water 

interface. Once it reaches the interface, part of the shockwave 

transmits into the water, and another part reflects in the air 

region as a compression wave, as shown in figure 6. 

 

 
Figure 6 Pressure contour of Explosion in air at time t=1ms 

 

Due to the acoustic impedance difference between air and 

water, the water surface almost acts like a solid body. Hence the 

reflected wave is a shockwave with an equal magnitude to the 

incident wave, as shown in figure 7. Due to the acoustic 

impedance difference between air and water, the shock wave 

propagates in water at a higher speed than in air, as shown in 

figure 7. 
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Figure 7 Shock wave diagram of Case 2 - Explosion in air 

 

Case 3 Explosion at the interface 

In this case, the explosion is fixed at the interface. After the 

explosion, the shock wave propagates in both regions, as shown 

in figure 8. The shock front pressure for air and water are of 

different magnitude. So, air and water pressure contours are 

merged, and contour labels for air and water are shown 

separately in figure 8. 

 

 
Figure 8 Pressure contour of Explosion in Air-Water interface 

at time t=1ms 

 

Figure 8 shows the shockwave propagation in air and water. 

Even explosion is fixed near the interface, the magnitude of 

shock in water is nearly 10 times higher than that of air. It may 

be due to the density and the sound speed of water being far 

higher than air, so the magnitude of shock in water is higher 

than that of air. 

  

Initially, the shockwave propagation in both air and water is 

nearly identical. However, as time proceeds, shockwave 

attenuation in the air is higher than that of water. So the shock 

gets weaker in magnitude and cannot propagate considerable 

distance, as shown in figure 9. 

 

 
Figure 9 Shock wave diagram of Case 3 - Explosion in the air-

water interface 

 

DISCUSSION 
Figure 10 compares shock wave attenuation in air, water, and 

interface explosions. Euler number is used as the scaling 

parameter to compare air and water results. 

 

 
Figure 10 Comparison of attenuation of shockwave in air, 

water, and interface 

 

In all cases, once the explosion initiates from the center, the 

shock wave attenuates with respect to time. Due to the acoustic 

impedance difference between air and water, the shock wave 

attenuates in the air faster than in the water. In another way, the 

magnitude of the explosion in the air is weaker than that of 

water. Hence in this graph, the shock wave in water attenuates 

gradually, whereas, in the air, it reaches a minimum within a 

shorter time scale. As an interface explosion has both air and 

watersides, the shock wave attenuation in watersides is similar 

to that of a water explosion (case 1). But air side of the 

interface explosion is slightly higher in magnitude and 
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gradually attenuates compared to the airside explosion (case2). 

It may be due to the reflection of shock waves from water 

during interface explosion, resulting in higher magnitude and 

slower attenuation than air explosion. 

 

CONCLUSION 
This study investigates the shockwave propagation 

characteristics at different explosion mediums and the effect of 

cavitation near the interface region. In case 1, the shock wave 

reaches the interface and reflects in water as an expansion wave 

resulting in cavitation. In case 2, the shock wave at the interface 

reflects in the air as a compression wave, and it is of equal 

magnitude to that of the incident wave. Both the effects were 

due to acoustic impedance differences between air and water. In 

case 3, the shock wave propagation speed, magnitude, and 

attenuation of shock in air and water were studied and 

compared. This study shows that the medium of the explosion 

has a considerable effect on shock wave propagation 

characteristics and flow physics in explosion-related studies. 
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ABSTRACT
Experimental trial of dry granulation process has been widely

performed to granulate blast furnace (BF) slag, in addition to,
heat recovery from molten material. In this study, analytical for-
mulation has been obtained for dry slag granulation process of
Spinning Disc Atomizer (SDA) using literature survey and fun-
damental principles. An expression has been derived to obtain
diameter of droplet formed, after granulation, by rotating disc
method. In accordance with the three phases of the problem, i.e.
thin viscous film formation, ligament formation, and droplet for-
mation, mathematical models have been developed, separately,
for each phase. Further, the obtained expression has been vali-
dated with established benchmarks. Further study has been also
done on effects of rotating speed of disc and liquid flow-rate on
diameter of droplets formed.

KEYWORDS
Analytical modelling, Dry slag granulation (DSG), Linz-

Donavitz/Basic Oxygen Furnace (LD/BOF) slag, Spinning Disc
Atomizer (SDA)

INTRODUCTION
LD slag has found some potential engineering applications

[1]. For eg., base and sub-base layer of road, road stone, con-
struction of several public roads, ballast for railway tracks, etc.
There are various methods of granulation of slag [2]. Out of
those, dry granulation methods [2], [3], [4], [5] of slag granula-
tion is being accepted recently due to its advantages over other
granulation methods. Among dry granulation methods, centrifu-
gal granulation methods [6], [7] have been found to be very
cost effective, when compared with economic aspects of finished
product by all other processes. In centrifugal granulation meth-
ods, spinning disc atomizer (SDA) [8], [9], [10], [11], [12] is
the simplest process to obtain granulated slag because of ease in
fabrication of granulating machine.

In SDA process, high temperature liquid slag is poured di-
rectly onto a disc rotating at high speed. Slag is, then, ejected
radially outwards, forming droplets due to centrifugal force and

NOMENCLATURE

v [mm/s] Radial velocity of the disc
z [mm] Length in axial direction in cylindrical coordinate

system (r,θ,z)
r [mm] Radius of any point (A) on the disc
h [mm] Height of A in z-direction from disc surface

(Liquid film thickness at point A)
q [mm2/s] Radial flow per unit length of the disc periphery
t [s] Unit time (Independent variable)
(r0,h0) [-] (r, z) coordinates of the dropet at time z=0
Q [LPM] Flow rate
hs [mm] Steady state film thickness
r∗ [mm] Critical radius
hmin [mm] Critical film thickness
R [mm] Radius of disc
We [-] Weber number
Re [-] Reynolds number
Oh [-] Ohnesorge number
km [-] Most critical wave number
dliga [mm] Ligament diameter
hR [mm] Liquid film thickness at the rim of the disc
k [-] Wave number
rliga [mm] Ligament radius
d [mm] Droplet diameter

Special characters
µ [Ns/m2] Dynamic viscosity of the liquid
ρ [kg/m3] Density of liquid
ω [rad/s] Angular velocity of rotating disc
λm [mm] Wavelength of most unstable wave
γ [mN/m] Surface tension
β [(mm/s)

1
2 ] Square root of disturbance amplitude growth rate

surface tension. The atomization process is simple. It works
by spinning out a thin film of slag which extends radially from
the disc edge. It has been convincingly demonstrated by images,
taken with help of high-speed photographic devices, that liquid
slag, at first, spreads outward on the disc as a film, which is sub-
sequently broken into finger like liquid bodies, called ligaments.
Finally, these ligaments are broken into small size particles, un-
der the shearing stress developed by air flow.

In this study, analytical formulation has been obtained for dry
slag granulation process of a Spinning Disc Atomizer (SDA) us-
ing literature survey and fundamental principles. An expression
has been derived to obtain diameter of droplet, formed after gran-
ulation due to rotating disc. Further, the obtained expression has
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been validated with established benchmarks. Moreover, further
study has been done on effects of rotating speed of disc and liq-
uid flow-rate on diameter of droplets formed. Results are plotted
to show the desired effects. The fluid considered was silicon fluid
of kinematic viscosity 50 cSt.

ANALYTICAL METHOD
Slag granulation process involves three stages, namely, for-

mation of thin film on the rapidly spinning disc, formation of
ligaments and drop formation. The slag droplets, finally, fly as
rigid particles, until they strike the boundary wall, which may
be of any shape, usually a concave dome. In accordance with
the three phases of the problem, mathematical models have been
developed separately for each phase.

Phase 1: Formation of thin viscous film
Emslie et al [10] derived an analytical expression for viscous

flow over a rotating disc. Following assumptions are made to
study fluid flow problem on rotating disc.

(i) Plane of rotation is considered to be infinite in extent.
(ii) Rotating plane is considered horizontal, such that, there is

no gravitational component in radial direction.
(iii) The layer of liquid is symmetric, radially, which is subjected

to the centrifugal force, mainly.
(iv) Viscosity of working fluid is independent of shear rate, i.e.,

fluid is assumed to be Newtonian.
(v) The considered liquid layer is so thin, that resistance due to

shear is appreciable only in the planes in horizontal direc-
tion.

(vi) Coriolis force is considered to be negligible due to radial
velocity, which is comparatively small.

In cylindrical coordinate system, conservation of linear mo-
mentum (in radial direction only) can be written as,

−µ
∂2v
∂z2 = ρω

2r, (1)

where, µ is viscosity and ρ is density of liquid. These bound-
ary conditions can be used,

(i) At z = 0, v = 0, and
(ii) At z = h(r), τ = 0, where τ =−σrr−σzz

2 sin2θ+τrzcos2θ, and
θ = tan−1 dh

dr .

If film thickness does not vary abruptly, then, angle can be
assumed to be very small and last boundary condition can be
written as, ∂v

∂z = 0, at free surface.
Integrating Equation (1), we get,

v =
1
µ

(
−1

2
ρω

2rz2 +ρω
2rhz

)
, (2)

and radial flow q per unit length of circumference is,

q =

h∫
0

vdz =
ρω2rh3

3µ
. (3)

Now, fluid continuity equation gives,

r
∂h
∂t

=−∂(rq)
∂r

,

or,

∂h
∂t

=−K
1
r

∂

∂r

(
r2h3) , (4)

where, K = ρω2

3µ .
Equation (4) can be numerically integrated. However, ana-

lytical integration of the equation is possible using the method
proposed by Emslie et. al. [10].

Consider a fluid particle situated at the surface of the film.
Since, h is the z-coordinate of the particle, its material derivative
can be written as,

dh
dt

=
∂h
∂t

+
∂h
∂r

dr
dt

,

where, dr
dt is to be understood as velocity component of fluid

particle along radial direction. Equation (4) can be formulated as
two equations,

dh
dt

=−2Kh3,and (5a)

dr
dt

= 3Krh2, (5b)

which can be solved to yield the results,

h =
h0(

1+4Kh2
0t
) 1

2
,and (6a)

r = r0
(
1+4Kh2

0t
) 3

4 , (6b)

where, r0 and h0 are r and z-coordinates of the particle, re-
spectively, at time t = 0. Thus, knowing the initial form of film
thickness, we can find its shape at any instant by using equa-
tions (6a) and (6b). However, the flow is always unsteady in
this model because no provision was made for external supply
of fluid. Essentially, this model studies the redistribution of fluid
due to spinning motion of infinite disc.

To obtain a steady state motion, i.e., ∂h
∂t = 0, we get, from

equation (4), q = C
r , where C is an arbitrary constant. Flow rate

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 829 of 1061



is given by Q = 2πrq = 2πC. Steady state film thickness can be
obtained from equation (3) as,

hs =

(
3Qµ

2πρω2r2

) 1
3
. (7)

It is seen from the above equation that film thickness becomes
smaller than a given value, say hmin, beyond a radius,

r∗ =
(

3Qµ
2πρω2h3

min

) 1
2
. (8)

We have, so far, neglected the Coriolis force. It was shown by
Emslie et. al. [10] that this assumption is justified, provided
µ >> ρωh2. For slag, this condition is satisfied at moderate
speed.

Phase 2: Formation of ligament
As the film moves outward, due to centrifugal force, it be-

comes thinner. When the film comes in contact with vertical
surface of disc, aerodynamic forces acting on the film gener-
ates disturbances on free surface, making the film unstable. The
growth of unstable waves finally disintegrates the film into liga-
ments. Two kinds of instability mechanisms are usually consid-
ered, namely, Kelvin-Helmholtz instability and Rayleigh-Taylor
instability.

Unstable waves forming on the fluid surface grows, exponen-
tially, at different rates, depending upon the wavelength of the
waves that perturb the smooth film. Surface tension and vis-
cous forces damp out waves below a cut-off wavelength. How-
ever, if the wave length is sufficiently large, the centrifugal force
outweighs the damping force, and the disturbances grow until
the liquid continuum is broken to form equidistant ligaments.
Length of each ligament corresponds to the most unstable wave
having wave length λm, which, from a dimensional analysis, can
be established to be of the form,

λ

R
= A

(
ρωR2

µ

)b(
ρω2R3

γ

)c

, (9)

where, We = ρω2R3

γ
is known as the Weber number and Re =

ρωR2

µ is the Reynolds number. Usually, Equation (9) is expressed

in terms of another number, Oh = µ√
ρRγ

= We
1
2

Re , known as Ohne-

sorge number[13],[14], [15]1.

1Oh =
√

St, where St = Stability number[8]. Liu et al [16], [17] and Peng et
al [18] mentioned the same expression for St. However, Liu et al [17] and Peng et
al [18] have mentioned the names for St as Stokes number and Stanton number,
respectively, which, essentially, are two classically defined dimensionless num-
bers, that are not the same as Stability number. Wang et al [19] also mentioned
the same expression in their usage with the correct name. Contrastingly, Wang et
al [20] have used Stability number, St, as twice the original expression.

The most critical wave number,km, (non-dimensional) can be
calculated by solving the equation,

k2
m

[
3+(8km −3)Oh2

(
1+
√

1+
1

kmOh2

)]
−We = 0, (10)

where, km = 2πR
λm

. If the film at the rim is assumed to be torn at
the crest and trough, then, the fluid within one half of the wave
length is torn away. If the film thickness at the rim is hr, then,
the cross section of the torn area is λ

2 hr. This fluid gets elongated
and acquires a radial velocity, which allows the ligament to move
in a spiral path. Considering the mass conservation of the fluid,

λ

2
hr =

π

4
d2

liga,

the average diameter of each ligament is found out to be,

dliga =

√
2λhr

π
=

√
4Rhr

km
. (11)

The diameter can be related to the flow rate and other param-
eters using equation (7). Equation (11) can be expressed in non-
dimensional form as,

dliga

R
=

√
4H
km

, (12)

where, H =
(

3Q̂
2πRe

) 1
3
, for which Q̂ = Q

ωR3 .

Phase 3: Formation of droplet
The outward flow of the thin ligaments is, likewise, disturbed

by the surrounding air. The study of stability of a liquid jet is
attributed to Rayleigh and Plateau. For a highly viscous liquid,
the growth rate of disturbance amplitude, β2, is, approximately,
written as,

β
2 =

γ

(
1− k2r2

liga

)
6µrliga

. (13)

The growth rate becomes maximum when k = 0. Thus, if the
inertia is neglected, ligaments do not tend to divide themselves
into drops. Liu et al [21] used Weber’s theory to get the critical
value of the wavelength as,

λm =
√

2πdliga
(
1+3Ohliga

) 1
2 . (14)

where Ohliga =
µ√

ρdligaγ
is the Ohnesorge’s number of the lig-

ament formed.2

2Wang et al [19] has used the exact expression. In contrast, Wang et al [20]
has used thrice the actual expression for Ohnesorge number for ligament stream.

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 830 of 1061



The final droplet size, after the ligament is broken, can be
estimated, using volume conservation, as,

d =

(
3
2

λmd2
liga

) 1
3
= dliga

(
3√
2

π(1+3Ohliga)
1
2

) 1
3
. (15)

The analytical model of spinning disc granulation process,
derived above, is useful in the sense that for given parameters,
droplet size may be estimated. These formulations have been
applied in Scilab, a free and open-source, cross-platform, nu-
merical computational package. The algorithm is present in Ap-
pendix A.

Validation of analytical results with established experimental
and simulation data has been achieved and will be discussed in
the Results and discussion section. Further, effect of liquid flow
rate (in LPM) and angular velocity (in RPM) has been studied on
diameter of droplet formed (in mm) and discussed in detail.

Silicone oil, with 50 cSt viscosity, has been chosen as a work-
ing fluid for experiments in the authors’ laboratory. The data
constants considered initially have been tabulated in Table 1.
Table 1. Data constants considered for analytical calculations

Property Symbol Value Unit

Kinematic Viscosity ν 50 cSt

Density ρ 0.96 g/cm3

Surface Tension γ 20.8 mN/m

Radius of Disc r 50 mm

The droplet diameter has been determined for various fluid
flow parameters.

RESULTS AND DISCUSSION
In this section, the effects of angular velocity and liquid flow

rate has been studied on the diameter of droplet formed.

Effect of Angular velocity
Here, the validation of generated expression and further study

for various flow properties has been achieved.
Validation with established benchmarks The developed ex-

pression has been validated for 3 values of angular velocity,
1000, 2000 and 3000 RPM, using established benchmarks, as
shown in figure 1. For validation of the current work, the valida-
tion plot of Purwanto et al [9] has been chosen, so as to validate
all the established results at once. The authors’ formulation con-
tains the value of surface tension, γ, which has been ignored in
the established results. Hence, the value has not been provided.
Hanao et al [22] evaluated surface tension of hot molten slag in
multi-component systems. All the validated plots of Hanao et
al [22] have been digitized and averaged, and an average of the
averages has been used as the value of surface tension for the
current study.

The obtained results are found to be similar to and close to
the established benchmarks. The slight increment in the droplet

Figure 1. Current methodology validated with validation plot
of Purwanto et al [9]

diameter, when compared to the average value in the validation
plot, could be because of the consideration of surface tension in
the current study.

Authors’ work Figure 2 shows the effect of Angular velocity
on the diameter of droplet formed.

Figure 2. Effect of angular velocity on droplet diameter for
flow rate values of 0.5, 1, 2, 5 and 10 LPM

From Figures 1 and 2, it is clearly visible that the diameter
of the droplet reduces with increase in angular velocity. With
further increase in angular velocity, if the flow remains to be
laminar, and the mode of disintegration remains to be ligament
formation mode, the droplet diameter tends to asymptote.
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Effect of flow rate of liquid
Figure 3 shows the effect of flow rate of liquid on the diameter

of droplet formed.

Figure 3. Effect of rate of flow of liquid on droplet diameter
for disc angular velocity values of 250, 500, 1000, 1500, 2000
and 3000 RPM

It could be seen that, with the increase in flow rate of the liq-
uid, the diameter of droplet increases.

If the Eq No 15 is simplified, it would be clearly visible that
d ∝ Qa and d ∝

1
ωb . Here, d = diameter of the droplet, Q = Liquid

flow rate, ω = Angular velocity and a & b = Constants. This
proportionality justifies the validated and generated results.

CONCLUSIONS
In the centrifugal granulation methods of dry slag granulation,

the slag is poured into a high speed rotating disc or cup. The
slag, ejecting radially outward, breaks due to centrifugal force,
into droplets.

This method seems advantageous as it is desirable to control
the size of granules by modifying the parameters such as disc/cup
rotating speed, impingement velocity of air and flow rate of slag.
These parameters could be controlled by centrifugal granulation
methods.

From above considerations, in this study, spinning disk atom-
izer (SDA) was considered, as a flat disc is easier to manufacture.
Fluid considered was silicon fluid of kinematic viscosity 50cSt.

An expression has been derived to obtain the diameter of the
droplet, formed after granulation due to rotating disc. The pa-
rameters, which had been considered during the study, were disc
size, disc rotational speed, slag flow rate, slag surface tension
and slag viscosity. Further, the obtained expression has been
found to be validated with acceptable accuracy. Moreover, the
following conclusions, which could be verified with established
benchmarks, may be summarised from the analytical study:

1. The diameter reduces with increase in angular velocity.
2. With the increase in flow rate of the liquid, the diameter of

droplet increases.
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ABSTRACT
The slag is a by-product of steel industry. Experimental trials

of dry granulation process have been widely performed to gran-
ulate Blast Furnace (BF) slag, in addition to, heat recovery from
molten material. In this study, a development of technology for
dry granulation of Linz-Donavitz (LD) slag, under research, has
been discussed, using experimental methodology. Initially, the
first two stages of experimental setup, with water as the working
liquid, have been summarized and their limitations have been
noted. Then, the modifications that were performed in the third
stage experimental setup, have been discussed in detail. The
working liquid, which was water for the first two stages of ex-
perimental study, has also been changed to a more viscous liquid,
so as to mimic the properties of slag, as close as possible. Fur-
ther, the possibility of using air blast has also been tested to assist
in atomization, and hence, granulation, and was found effective.
However, due to some design flaws, that have been discussed in
detail, a novel design for air blast method has been achieved and
a successful trial has been performed. The photographs of the
trial have been shown. This paper is compiled to state the up-
dates in the development of technology of LD slag granulation
and to show the trial as a proof of the direction of work being
right.

KEYWORDS
Experimental hydrodynamics, Dry Slag Granulation (DSG),

Linz-Donavitz/Basic Oxygen Furnace (LD/BOF) slag, Spinning
Disc Atomizer (SDA), Two Phase Flow

INTRODUCTION
The LD slag has found some potential engineering applica-

tions [1]. For eg., base and sub-base layer of road, road stone,
construction of several public roads, ballast for railway tracks,
etc. There are various methods of granulation of slag [2]. Out of
those, the dry granulation methods [2], [3], [4], [5] of slag gran-
ulation is being accepted, recently, due to its advantages over
other granulation methods, known as wet granulation methods.
Among the dry granulation methods, the centrifugal granulation
methods [6], [7] have been found to be very cost effective, when
compared with the economic aspects of the finished product by

all other processes. In the centrifugal granulation methods, the
spinning disc atomizer (SDA) [8], [9], [10], [11], [12] is the sim-
plest process to obtain granulated slag because of ease in fabri-
cation of the granulating machine.

In the SDA process, high temperature liquid slag is poured,
directly, onto a disc rotating at high speed. The slag is, then,
ejected radially outwards, forming droplets due to centrifugal
force and surface tension. The atomization process is simple.
It works by spinning out a thin film of slag, which extends radi-
ally from the disc edge. It has been convincingly demonstrated
by images, taken with the help of high-speed photographic de-
vices, that the liquid slag, at first, spreads outward on the disc
as a film, which is subsequently broken into finger like liquid
bodies, called ligaments [13], [14], [15]. Finally, these ligaments
are broken into small size particles, under the shearing stresses
developed by air flow.

A laboratory scale experimental setup has been fabricated in
the authors’ institute. Studies were conducted and modifications
were performed, stage-wise, on the setup based on the limita-
tions observed. In this study, the first two stages of experimental
setup, with water as the working liquid, have been summarized
and their limitations noted. The modifications in the third stage
experimental setup have been discussed in detail. The working
liquid has also been changed in the third stage. Further, the pos-
sibility of using air blast has also been tested, to assist in liquid
break-up, and hence, granulation, and was found effective. How-
ever, due to some design flaws, that have been discussed, a novel
design for air blast has been achieved and a successful trial has
been performed. The photographs of the trial have been shown.
The working liquid considered was silicon liquid of kinematic
viscosity 50 cSt.

In the final prototype, the liquid slag will impinge on a rotating
disc. Then, it will spread over the disc in radially outward direc-
tion. Then, after reaching the edge, it will leave the disc and, in
the ligament formation mode, extend out of the disc. Finally, the
slag may strike the outside wall of the containment vessel.

This study is restricted to analysing the ligament formation
from a liquid continuum, when the latter was poured at a con-
stant rate on a flat circular spinning disc. Thus, the problem was
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reduced to a pure hydro-mechanical study, with no regard for
thermodynamic issues.

SUMMARY OF INITIAL EXPERIMENTATIONS
In this section, the first and the second stage experimental

setup will be discussed briefly. In each case, their experimen-
tal setup and methodology will be discussed in brief. Then, their
results will be discussed in short. Finally, their limitations will
be mentioned.

First Stage Experimental Setup
In order to get an idea of the trajectory of the flowing liquid

over a rotating disc, a simple test rig had been constructed to
conduct an experiment to visualize the granulation phenomenon.
The schematic of the experimental setup has been shown in Fig-
ure 1.

Figure 1. Schematic view of the first stage experimental setup

An existing table fan motor had been used to rotate the shaft
of the disc, through a belt drive. Water flowing through a nozzle
impinges on the rotating disc and, subsequently, strikes the wall
of a stationary hemispherical bowl. High speed camera was used
to achieve videographic recordings.

It was found that, with an increase in height of nozzle from
the rotating disc, the jet of liquid becomes unsteady, resulting in
unpredictible disintegration of liquid from the disc edge. This
is undesirable. Further, with an increase in liquid flow rate, the
film thickness on the disc surface was observed to increase, as ex-
pected, due to conservation of mass. Moreover, with an increase
in rotational speed of disc, flow patterns over the disc surface
were visible. But, the physics after the disc edge, i.e. ligament
formation and droplet formation, could not be captured satisfac-
torily.

In order to increase the feasible frame rate, a unique setup of
lighting was used, which required modification to the existing
setup.

Second Stage Modified Setup
The following were the modifications made in the setup.

∗ A magnetic induction tachometer was introduced for accu-
rate angular speed recordings.

∗ A variac was used to increase the range of speed variation.
∗ In order to increase the variation and the domain of the re-

sults, a larger disc diameter was introduced.
∗ A larger hemispherical vessel, with bottom removed and re-

placed with a transparent Acrylic/Perspex sheet, was used.
The transparent bottom helped to achieve a frame rate of
more than 4000 FPS.

In the first stage experiments, it was observed that for small
range variation in angular velocity, noticeable effect of angular
velocity could be established. Moreover, it was also established
that the jet becomes unstable with the increase in the height of
impingement. Therefore, in the second stage, for a small height
of jet impingement and at a constant angular velocity of around
1050 RPM, the nature of flow pattern, with the gradual increase
in liquid flow rate, was captured through the high speed camera.

With the increase in liquid flow rate, all the modes of disin-
tegration of liquids, i.e. direct-droplet formation mode, droplet-
ligament transition mode, ligament formation mode, ligament-
sheet transition mode and sheet formation mode, could be ob-
served, sequentially.

There was a considerable improvement in capturing the flow
phenomenon with the second stage experimental setup. How-
ever, an increase in rotational speed of disc was of need. The
method to measure the liquid flow rate also needed improvement.

FURTHER MODIFICATIONS IN THE EXPERIMENTAL
SETUP

The initial experimentations were carried out on the modified
setup of undergraduate level laboratory experiment for ’Callibra-
tion of flowmeters’. An isolated setup was needed for further
studies, so as to use any liquid as the working liquid, for the
experiments, not just water, as per the limitations of the under-
graduate experimental test rig. In this section, further modifica-
tions on the setup, to isolate it as an individual unit, that were
performed, have been discussed.

Third Stage Modified Setup
To increase the rotational speed of the disc, a new DC motor

with a speed controller device (0-3000 RPM) was incorporated.
The method to measure the liquid flow rate was also improved.
The measuring tank method, the most basic positive displace-
ment meter, was used to measure the liquid flow rate. The third
stage modified setup has been shown in Figure 2.

Some more modifications were required to incorporate air
blast to assist the break-up of liquid ligaments. Also, water as
the working liquid was just enough for basic ideation of exper-
imental setup for dry granulation. However, to model slag, a
thicker liquid was needed to be used as the working liquid. This
will be discussed in the next subsection.

Fourth Stage Modifications
The experimental setup shown in Figure 2 was further modi-

fied to incorporate air injection system to assist breaking of the
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Figure 2. The stage 3 modified setup

liquid spreading out of the rotating disc. The air injection system
has been shown in Figure 3.

In this stage, a different liquid has been used as the working
liquid. Further experimentations have been conducted using Sili-
cone oil(Wacker Metroark DM Silicone Fluid 50 M CTSK). The
properties have been mentioned in Table 1.
Table 1. Properties of Wacker Metroark DM Silicone Fluid 50
M CTSK

Property Value Unit

Kinematic Viscosity (at 25 0C) 50 mm2s−1

Dynamic Viscosity (at 25 0C) 48 mPa.s

Density at (25 0C) 0.96 g.cm−3

Surface Tension (at 25 0C) 20.8 mN.m−1

Refractive Index (at 25 0C) 2.71 -

While conducting the trials on the fourth stage modified setup,
it was found that the droplets were formed due to the combined
effect of disc rotation and air injection. However, the free move-
ment of the droplets waas hindered due to the presence of the air
nozzles. It was also found that substantial amount of liquid de-
position was there on the surface of the air nozzles and inside the
exit port of the nozzles. This led to the blockage of air nozzles.
This phenomenon is observed in Figure 4.

Liquid striking the air nozzle and getting deflected is undesir-
able for the study. Hence, the design had to be modified.

Fifth Stage Modifications
Considering the fact that the liquid was striking the air nozzles

and getting deflected, a novel design for air flow nozzles was
made. The new design has been shown in Figure 5.

Here, the nozzles were placed below the rotating disc, directed
parallel to the disc in an inclination to the tangent of the disc.
The design has been observed to eliminate the drawbacks of the

previous design of the air flow nozzles.
Finally, trials were performed and recorded to see the result

of the modification and its impact on liquid flow. This will be
discussed in the next section.

RESULTS AND DISCUSSION
After the fifth stage modifications, the variation of angular ve-

locity of rotating disc could be controlled between 0 and 3000
RPM. The air injection facility was incorporated, as an air blast,
to assist the break-up of liquid, and hence, in granulation. The
air nozzles were, innovatively, placed below the rotating disc.
High speed photography was used in the trials conducted. The
experiments were conducted using Silicone oil.

Acceptable Trial
An acceptable trial should have a frame rate such that the

video is clear and not blurry, such that, when an image, in the
form of a frame, is extracted out of it, it shows the desired
physics, satisfactorily.

An acceptable trial, with visible effect of air injection, has
been shown in Figure 6, with illustrations.

Discussion
In the Figure 6, the rotating disc, with underlying air nozzles,

is visible. The direction of air flow is along the nozzle direction.
The direction of rotation of disc was kept the same as the nozzle
direction, i.e. anti-clockwise in this figure.

It is observed in the figure that a sheet of liquid is coming
out of the edge of the rotating disc. This sheet is, then, broken
into ligaments. Further, droplet formation is, also, visible in the
figure. This mode of disintegration of liquids is called the sheet
formation mode of disintegration.

However, the size of droplets formed has a large range of vari-
ation, as observed in the captured image, due to non-uniformity
in the droplets formed. Hence, the sheet formation mode of dis-
integration of liquid is avoided.

Further, in the figure, it could be observed that the air injec-
tion, in the direction of liquid flow, causes perturbations in the
sheet formed. As we go further along the direction of air flow,
these perturbations, or vibrations, assist in easier break-up of the
liquid sheet.

Hence, air injection, or air assist, or air blast, in the inclined
tangential direction to the rotating disc, helps in the disintegra-
tion of liquids, and may be used as an aid to liquid disintegration,
and hence, slag granulation.

CONCLUSIONS
In the centrifugal granulation methods of dry slag granulation,

the slag is poured onto the surface of a high speed rotating disc
or cup. The slag, ejecting radially outward, breaks off, due to
centrifugal force, into droplets.

This method seems advantageous as it is desirable to control
the size of granules by modifying the granulation parameters,
such as disc/cup rotating speed, impingement velocity of air and
flow rate of slag. These parameters could be controlled by cen-
trifugal granulation methods.
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Figure 3. The stage 4 modifications on the setup

Figure 4. Liquid striking and getting deflected by the air nozzle

From the above considerations, in this study, Spinning Disk
Atomizer (SDA) was considered, because a flat disc is easier to
manufacture.

Here, a development of technology for dry granulation of
LD slag under research has been discussed, using experimental
methodology. The first two stages of experimental setup, with
water as the working liquid, have been summarized and their
limitations have been noted. Then, the modifications that were
performed in the third stage experimental setup, have been dis-
cussed in detail. The working liquid, which was water for the
first two stages of experimental study, has also been changed to
silicon liquid, of kinematic viscosity, 50 cSt. Further, the possi-
bility of using air blast has also been tested to assist in atomiza-
tion, and hence, granulation, and was found effective. However,
due to some design flaws, that have been discussed in detail, a
novel design for air blast method of assistance for granulation
has been achieved and a successful trial has been performed. The

Figure 5. New design of the air nozzles visible under the disc
in the fifth stage modifications

photographs of the trial have been shown. Discussions were fol-
lowed pertaining to the observations made in the accepted trial.

It could be concluded that air injection, or air assist, or air
blast, in the inclined tangential direction and parallel to the edge
of the rotating disc, helps in the disintegration of liquids, and may
be used as an effective aid to liquid disintegration, and hence,
slag granulation.
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ABSTRACT
Natural draft dry cooling towers (NDDCTs) constitute a pri-

mary choice for heat dissipation in power plants located in arid
areas, where the water resource is scarce (i.e. CSP plants).

This paper deals with the performance analysis of a 50 MW
CSP power plant with two different heat rejection systems: ND-
DCT and pre-cooled NDDCT. The results were compared to the
performance of the same plant operating along with three con-
ventional systems: mechanical draft wet cooling tower, aero-
condenser, and hybrid aero-condenser.

The results show that using a NDDCT with evaporative pre-
cooling can dramatically reduce the water use in the plant (up
to 97% compared to a wet cooling tower) without penalising the
energy generation (in fact an improvement of 0.53% in energy
generation is observed compared to a wet cooling tower).

INTRODUCTION
CSP/STE plants use mirrors to concentrate the sun’s energy

to drive steam turbines that create electricity. This technology
currently represents a minor part of renewable energy genera-
tion in Europe. Only approximately 5 GW are installed glob-
ally (of which 2.3 GW in Europe, concentrated in Spain). How-
ever, the potential for growth is significant given the capability of
CSP/STE to provide renewable electricity when needed, unlike
other technologies that are dependent on the availability of the
energy source. This dispatchability is possible thanks to in-built
energy storage and enables plants to respond to peaks in demand,
continue production even in the absence of sunlight, and provide
ancillary services to the grid.

The efficiency of a CSP plant is defined, mainly, by the pres-
sure and the temperature of the steam both entering and leaving
the turbine. Waste heat from turbine exhaust steam must be con-
tinuously rejected to make a CSP plant operate. According to
the heat dump choice, the cooling system can be classified as
wet cooling and dry cooling. The lowest ambient temperature
attainable by conventional condensation systems (wet cooling)
is the wet-bulb temperature. The main drawback is the water
use. Dry cooling eliminates the water use in steam condensation.
Air-cooled systems suffer from lower efficiency when ambient
air temperature is high (hot periods) since their performance rely
on the ambient air dry-bulb temperature. Those hot periods are

NOMENCLATURE

A [m2] Area
cp [J kg−1 K−1] Specific heat
e f [-] Effectiveness of the finned surface
∆p [Pa] Pressure loss
∆Tlm [K] Log-mean temperature difference
FT [-] LMTD correction factor
h [W m−2 K−1] heat transfer coefficient
H [m] Height
ITD [K] Initial temperature difference
k [W m−1 K−1] Thermal conductivity
K [-] Loss coefficient
ṁ [kg s−1] Mass flow rate
Pr [-] Prandtl number
T [ºC] Temperature
Q̇ [W] Heat rate
UA [W K−1] Global thermal transmittance

Greek symbols
η [-] Thermodynamic efficiency
ε [-] Cooling efficiency
µ [kg m−1 s−1] Dynamic viscosity
ω [-] Humidity ratio
φ [-] Relative humidity
ρ [kg m−3] Density

Subscripts
1-6 NDDCT analysis locations
a Air
amb Ambient conditions
ext External
f r Frontal
HE Heat exchanger
i Inlet
int Internal
o Outlet
w Water

often the periods of peak system demand and higher electricity
sale price.

Natural draft dry cooling towers (NDDCTs) constitute a pri-
mary choice for heat dissipation in power plants located in arid
areas, where the water resource is scarce (i.e. CSP plants). The
performance of a dry cooling system relies mainly on convective
heat transfer to reject heat from the working fluid, being particu-
larly reduced when the ambient air is hot. Several hybrid cooling
approaches have been reported in the literature to offset the dis-
advantages related to the use of dry cooling during high temper-
ature periods. The use of evaporative cooling (i.e. introducing a
small amount of water to cool the entering air) has become very
popular in the last decade for heat rejection with NDDCTs. In
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Figure 1. Schematic arrangement of the Rankine cycle in Andasol I power plant.

wetted-media cooling, the air flows through a moist cooling pad
and water evaporates. The latent heat of water evaporation is
extracted from the air resulting in an adiabatic cooling and hu-
midification of the air stream.

Some studies investigating, either experimentally or analyt-
ically, the cooling effect of wetted media can be found in the
literature [1; 2; 3; 4]. It can be concluded from the literature
review that the introduction of wetted media leads to extra pres-
sure drop, which is significant for inlet air pre-cooling of the
NDDCT because the pressure drop decreases the airflow through
the tower. In a spray cooling application, water is sprayed into
the stream of air and it evaporates. Spray cooling of inlet air of
NDDCTs presents several advantages compared to wetted media
pre-cooling, including a simpler configuration, lower costs and
easy operation and maintenance. The most important advantage,
however, is the elimination of the pressure drop induced in the
air flow, which is critical in NDDCT whose cooling capacity re-
lies on the induced mass flow rate of air. Again, several studies
can be found in the literature addressing the effect inlet air spray
cooling on the performance of a NDDCT. Experimentally [5; 6],
numerically [7; 8; 9], and analytically [10].

The literature review conducted has highlighted the potential
of pre-cooled NDDCT as heat rejection systems in areas where
water is scarce. However, the studies are limited to the analy-
sis of the performance of the NDDCT on its own, not consid-
ering the interaction with the power block. In this sense, the
main objective of this study was to analyse the performance of a
50 MW CSP power plant with two different heat rejection sys-
tems: NDDCT and pre-cooled NDDCT. The results were com-
pared to the performance of the same plant operating along with
three conventional systems: mechanical draft wet cooling tower,
aero-condenser, and hybrid aero-condenser. The analysis is con-
ducted in an hourly basis using real climatological data of the
site (Granada, Spain).

The study focuses on both, the electric generation of the plant
and water use. The novelty of this work is threefold: coupling the
power block with a NDDCT and a pre-cooled NDDCT, hourly

analysis throughout a year of operation, and the comparison of
the novel cooling systems with traditional alternatives for heat
rejection.

MATHEMATICAL MODELLING
Plant modelling

The Andasol I is used as a real reference case of a concen-
trated solar power station. A conventional, reheated Rankine cy-
cle coupled with a parabolic trough solar field is used to generate
a net power capacity of 50 MW (Figure 1). A detailed description
of the plant, the main operation parameters, and the plant mod-
elling can be found in [11]. The authors developed an analytical
model which was coupled with 3 conventional cooling systems:
cooling tower, air-cooled condenser and hybrid air-cooled con-
denser.

Natural draft dry cooling tower and pre-cooled natural draft
dry cooling tower

In a NDDCT, the waste heat from the condenser is transferred
to a water stream and then to the air, both times by convection.
Hence, this kind of systems depend on the ambient air dry bulb
temperature. Figure 2 shows a schematic arrangement of a typi-
cal hyperbolic NDDCT. Here, the geometric parameters and the
main locations for air properties evaluation are shown. Air is
driven by buoyancy to pass through the heat exchanger bundles
to cool the tube-side fluid. The heat exchanger bundles are laid
out horizontally at the lower end of the tower (H3). The opera-
tion of a NDDCT is coupled by the energy and draft equations.
The energy equation of the NDDCT can be written as,

Q̇cond = ṁwcpw (Twi −Two) = ṁacp34 (T4 −T3) (1)
Q̇cond = FT UA∆Tlm

(2)

which can be interpreted as that the NDDCT dissipates the
heat rate from the cycle (condenser) which is transferred from

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 840 of 1061



Figure 2. Typical hyperbolic NDDCT.

the steam to the water, and from the water to the air. Here, FT is
the logarithmic mean temperature difference correction factor to
modify the simple counterflow LMTD to crossflow cases, which
is defined in [12]. The overall thermal resistance is defined as,

1
UA

=
1

hexte f Aext
+

1
hintAint

(3)

where e f is the effectiveness of the finned surface. The air-
side heat transfer coefficient is a strong function of heat ex-
changer type, geometry and air velocity [12].

The draft equation balances the buoyancy against the total
flow resistances (or the sum of the pressure drop) across various
components of the tower, i.e.,

∆p = (ρ1 −ρ4)g
[

H5 −
(

H3 +H4

2

)]
= ∑Kρ

v2

2
(4)

The major component of the total flow resistance is the fric-
tional loss due to the heat exchanger. The flow resistances also
include the pressure drop loss at tower supports (∆pts), the loss
due to the separation and redirection of flow at the lower edge of
the tower shell (∆pct ) and the contraction and expansion losses at
the heat exchanger (∆pctc and ∆pcte). The loss at heat exchanger
supports was neglected. Finally, the right side of the draft equa-
tion is completed by the loss in kinetic energy at the outlet of the
tower (∆pto).

∑Kρ
v2

2
= (Kts +Kct +K +Kctc +Kcte)HE

(ṁa/Afr)
2

2ρ34
+

+ Kto
(ṁa/A5)

2

2ρ5
(5)

The subscript HE in Equation 5 represents that the corre-
sponding loss coefficients are referred to the frontal area of heat
exchanger and the mean density of air flowing through it (ρ34).

The spray pre-cooling system is the key issue in the perfor-
mance of a pre-cooled NDDCT. A small amount of water is
sprinkled by spray nozzles within the inlet air stream. The water
sprayed evaporates, absorbing the heat from the air stream and
thus cooling it. The pre-cooled air then flows through the heat
exchanger bundles as previously explained. The performance of
the pre-cooling system, is usually characterised by the cooling
efficiency, εNDDCT, defined as,

εNDDCT =
Tamb −Tout

Tamb −Twb
=

ωamb −ωout

ωamb −ωs
(6)

where ωs refers to the humidity ratio of the air at the Twb of
the ambient conditions and relative huidity of 100%. As a result,
the amount of evaporated water is,

ṁw = ṁa (ωout −ωamb) (7)

The NDDCT and the pre-cooled NDDCT have the designed
conditions listed in Table 1. The designed ambient conditions
correspond to the hottest hour in the year in Granada (37.4ºC
and 20% relative humidity). The heat exchanger used in the ND-
DCT and the pre-cooled NDDCT is extruded bimetallic finned
tubes. The NDDCT and the pre-cooled NDDCT have the same
heat exchanger designs: the heat exchanger bundles are laid out
horizontally at the lower end of the tower and are arranged in the
form of A-frame placed in a radial pattern.

Variable Value

Tower height, m 104

Tower inlet diameter, m 73.6

Tower outlet diameter, m 52

Finned tube heat exchanger, Apex angle of A-frame 2θ = 61.5

Total heat exchanger frontal area, m2 3045.9

Heat exchanger tubes 4 rows, 2 passes

Designed ambient pressure, kPa 94.8

Designed ambient temperature, ºC 37.4

Designed ambient humidity, % 20.0

Designed heat rejection rate, MW 94

Table 1. Cooling tower design.

The heat exchanger characteristics (thermal performance and
induced pressure drop) have been taken from [3] and [12].
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(hA)ext = k Pr

[
383.61731

(
ṁa

µA f r

)0.523761
]

KHE = 1383.94795
(

ṁa

µA f r

)−0.332458

(8)

The water-side heat transfer coefficient, hint, was determined
by the empirical correlation proposed by Gnielinski. The rest of
the loss coefficients were evaluated using the empirical relations
provided by [12]. A cooling efficiency of 75% was used in the
calculations of the pre-cooled NDDCT performance.

Interaction between models
For a given ambient conditions and inlet water temperature,

the developed models for the NDDCT and the pre-cooled ND-
DCT provide the air mass flow rate flowing through the NDDCT
and the temperatures of the water and the air leaving the tower.
The NDDCT and power block models are coupled through the
tower outlet water temperature (Two ). A constant Initial Temper-
ature Difference (ITD) ITD = 5ºC was considered in the calcula-
tions for the condenser heat exchanger (steam/cooling water). As
a result, the model calculates the pair of cooling water tempera-
tures (Twi −Two ) that simultaneously satisfy the energy and draft
equations of the NDDCT and the heat rejection rate-condensing
temperature relationship for the power block.

The results provided by the models cover the heat rejection
rate in the condenser, the cycle and plant efficiencies (Eq. (10)),
and the net and gross power generation, where the net power
production includes the consumption of the auxiliary elements
of the cooling system. It should be noted that in the case of
the NDDCT, no ancillary equipment is required for its opera-
tion. Therefore, the gross power matches the net power. For the
pre-cooled NDDCT, the consumption of the spraying pump was
included in the calculation. The solar field was considered in the
analysis as a constant rate of heat input. A 7-hour daily schedule
(10-17 h) was assumed.

ηcycle =
Ẇturbines −Ẇpumps

Q̇in
=

Ẇgross

Q̇in
(9)

ηplant =
Ẇgross −Ẇancillary

Q̇in
=

Ẇnet

Q̇in
(10)

RESULTS
Model validation

In order to validate the NDDCT model, the predicted results
were compared to the results reported in [3], where the perfor-
mance of a NDDCT is evaluated during a year. Figure 3 shows
the comparison between predicted and bibliographic results for
the variation of the air mass flow rate and the heat rate rejected by

Figure 3. Comparison between predicted and bibliographic re-
sults in [3]: (a) air mass flow rate and (b) heat rejection rate.

the tower. As it can be seen, there is an excellent agreement be-
tween them. Consequently, the model was considered validated.

Concerning the power block model, the EES model reported
by [11] was used. As stated by the authors, the model was vali-
dated using technical data of the plant at nominal conditions.

Performance of the CSP plant operating alongside with the
NDDCT and the pre-cooled NDDCT

Figure 4 shows the performance of the cycle operating along
the NDDCT and the pre-cooled NDDCT for the whole year (con-
densing temperature and cycle efficiency). The pre-cooled ND-
DCT provides a colder average temperature than the NDDCT.
The maximum condensing temperature reached in the condenser
(observed for the 21st of July) is 58.98ºC and 47.7ºC for the ND-
DCT and pre-cooled NDDCT, respectively. The pre-cooling ef-
fect is higher for the hottest months of the year (summer condi-
tions) due to the higher wet-bulb depression. Thus, the condens-
ing temperature decreases and the efficiency increases because of
the decrease of the turbine back pressure. This statement trans-
lates into a a better yearly performance of the cycle operating
along the pre-cooled NDDCT. Table 2 shows the average values
throughout the year for the condensing temperature, cycle and
plant efficiencies, and gross and net power.
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Figure 4. NDDCT and pre-cooled NDDCT comparison. Con-
densing temperature (left y-axis) and Cycle efficiency (right y-
axis).

Variable NDDCT Pre-cooled NDDCT

Tcond (ºC) 32.84 29.64

Ẇgross (MW) 58.25 58.96

Ẇnet (MW) 58.25 58.94

ηcycle (-) 0.3986 0.4035

ηplant (-) 0.3986 0.4034

Table 2. Yearly averaged values for the relevant operation
magnitudes.

The effect of the air pre-cooling improves the energy gener-
ation 1.77%, from 167.46 GWh to 170.43 GWh per year. The
water use to achieve this effect is 96907.46 m3 per year. The wa-
ter consumption per generated MWh equals 0.568 m3 MWh−1.

Comparison with traditional cooling systems
In this section, the results predicted for the NDDCT and the

pre-cooled NDDCT are compared with the results reported in
[11], where the performance of the same CSP plant was analysed
operating with a mechanical draft wet cooling tower, air-cooled
condenser and hybrid condenser.

The main results obtained for the five condensation systems
compared are shown in Figure5. The gross and net energy, and
the water consumption values have been obtained by integrating
the instantaneous values on an hourly basis for the whole year.

As expected, the gross energy generation decreases for the
hottest months (June-August) (Figure5 (a)). The small value ob-
served for February is due the reduced hours of operation. The
cooling tower is the best system and the NDDCT is the worst in
terms of gross energy generation. The difference between both
systems increases in summer. The air-cooled condenser performs
better than the NDDCT because of the increased heat transfer
due to the forced convection. The hybrid air-cooled condenser
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Figure 5. Comparison between predicted and bibliographic re-
sults in [11]: (a) monthly gross energy generation, (b) monthly
net energy generation, and (c) water use.

performs similarly to the pre-cooled NDDCT. The relative per-
formance of the 5 systems can be explained via the condens-
ing temperature. While the cooling tower rely on the ambient
air wet-bulb temperature, the NDDCT depends on the dry-bulb
temperature. In the case of the pre-cooled systems, they both rely
on a temperature in between the dry and wet-bulb temperatures.
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Figure5 (b) presents the monthly net energy generation. It can
be observed that the energetic consumption required to drive the
fans in the air-cooled condenser and the hybrid system strongly
penalise their performance. This is why the air-cooled condenser
is the system that offers the worst performance in terms of gross
energy (plant efficiency). In the case of the pre-cooled NDDCT,
the energy required to drive the spray pump is negligible com-
pared to the amount required to drive the fan and the pump in the
cooling tower. That is the reason why in some months it outper-
forms the cooling tower (specially in months where the relative
humidity is high and the potential of mass transfer in the cooling
tower is limited). As for the NDDCT, it does not require any en-
ergy consumption for the ancillary equipment so the net energy
generation matches the gross energy generation. Finally, Figure5
(c) depicts the monthly water consumption in m3. The water con-
sumption increases in summer (dryer months) while decreases in
winter (humid months). The cooling tower is, by far, the sys-
tem that uses the largest amount of water since water evaporation
constitutes the operating principle of cooling towers. More than
40000 m3 are required in the dryer months. Both pre-cooled sys-
tems have different water use requirements depending on the air
mass flow rate in the system and the cooling efficiency. Over-
all, the hybrid air-cooled condenser requires twice the amount of
water than the pre-cooled NDDCT.

Table 3 contains the global integrated results for the most rel-
evant magnitudes and the 5 systems compared.

System Gross energy (GWh) Water use (m3) Water-to-energy ratio (m3 MWh−1)

Air-cooled condenser 163.12 0 -

Hybrid 166.25 171570.7 1.031

Cooling tower 169.54 359816.6 2.122

NDDCT 167.46 0 -

Pre-cooled NDDCT 170.43 96907.5 0.568

Table 3. Global integrated results for the 5 systems compared.

CONCLUSIONS
The results obtained from the simulation of a NDDCT and a

pre-cooled NDDCT coupled with the power block of a CSP plant
show that the use of the NDDCT with evaporative pre-cooling
presents the best overall results of energy generation and water
consumption. Compared to a cooling tower, an improvement of
0.53% in energy generation is obtained compared to a wet cool-
ing tower. Although this difference does not seem significant,
and it is partly attributed to the high relative humidities in the
colder months in the location of the plant, the water consump-
tion required to operate the pre-cooled NDDCT is substantially
lower than in the case of the cooling tower (97% lower). This
fact involves substantial savings in the operation of CSP plants.
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ABSTRACT 
An absorption heat pump (AHP) for waste heat recovery of a 

woodchips-fired boiler for heat supply to a district heating 

network is developed. The AHP provides low cooling 

temperatures that allow for heat recovery by flue gas 

condensation and releases upgraded heat to the return flow of the 

district heating system. The design of the AHP aims at 

autonomous operation with minimum parasitic electrical 

consumption by pumps and controls. For the operation of the 

AHP, which is driven by the heat output of the boiler, no 

refrigerant and solution pumps are used. For this reason, the 

desorber is designed for operating on the thermosiphon principle, 

simultaneously serving for circulation of sorbent solution and 

desorption of refrigerant by means of heat input from the external 

heating cycle.  

Thermodynamic models have been elaborated to predict the 

desorption process and the flow characteristics of the sorbent 

solution (lithiumbromide/water) in the boiling tubes. The 

theoretic analysis forms the basis for design and construction of 

the thermosiphon desorber that is investigated in the laboratory 

test rig of the AHP. 

Experiments prove the applicability of the thermosiphon 

desorber under operating conditions conforming to the planned 

practical implementation of the AHP bound to a biomass-fired 

boiler for district heating supply.  

INTRODUCTION 
Increasing the share of renewable heat is an inevitable part to 

achieve climate targets and wood is one of the most important 

renewable energy sources. Besides expansion of renewable 

energy systems, energy efficiency measures are crucial. Heat 

recovery by condensation of the moisture content of the flue gas 

leads to an increase in boiler efficiency over 100 %, when the 

flue gas is cooled down below the dew point. The dew point of 

the flue gas depends on the moisture content of the fuel and is 

for wood chips with a moisture content of 25 % at about 55 °C. 

For wood chips with lower moisture content or for pellets the 

dew point of the flue gas is even lower. Heat recovery by cooling 

of the flue gas and direct heat transfer to the return flow of a 

district heating network is limited by return flow temperatures. 

For district heating networks they are about 50 °C. Without flue 

gas condensation, the potential of heat recovery is used only 

partly.   

NOMENCLATURE 

AHP Absorption heat pump 

conc. Concentrated  

dil. Dilute  
dT [K] Temperature difference 

f [-] Specific solution circulation 
H [m] height 

h [kW/(m2K)] Heat transfer coefficient 

LiBr Lithium bromide  
LMTD Logarithmic mean temperature difference 

Ṁ [m2/s] Mass flow 

ov. HTC [kW/(m2K)] Overall heat transfer coefficient 
p [kPa] Pressure  

q [kW/m2] Heat flux density 

sat. Saturation/saturated 
SHX Solution heat exchanger 

T [°C] Temperature 

�̇� [l/h] Volume flow 

x [kg/kg] Concentration, mass fraction of LiBr in solution 

Subscripts 
0 Starting conditions 

1,2,.. Segment number 

3 Absorber 
4 Desorber 

acc Acceleration (pressure drop) 

bottom Bottom end of component 
HW Hot water side 

hydr Hydrostatic (pressure drop) 

i Segment index 
in Inlet value 

2,ph Friction of two-phase flow (pressure drop) 

out Outlet value 
ref Refrigerant 

S Saturation conditions  
top Top end of component 

vap Refrigerant vapor conditions 

Heat input to the evaporator of a heat pump represents a low-

temperature heat sink that assures sensible and latent heat 

recovery. The recovered heat is upgraded for further use in the 

heating network. Absorption heat pumps (AHP) only need a 

fraction of electrical energy for operation and are yet capable to 

be operated completely without process pumps. An AHP has 

been developed, with a falling film evaporator, designed without 

a refrigerant pump but for complete evaporation of supplied 

refrigerant and with a desorber, operating without a solution 

pump but on the thermosiphon principle. The desorber is 

designed as a vertical tube bundle with sorbent solution 
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upstreaming inside the tubes. External heat input generates a 

two-phase flow for desorption of refrigerant and circulation of 

sorbent solution. Flow characteristics and heat transfer of the 

desorber depend on temperature and pressure levels and on the 

concentration of sorbent solution. After thermodynamic 

modelling, a laboratory test rig of the absorption heat pump has 

been developed. Results of the operational behaviour of the 

thermosiphon desorber are presented in the following and 

compared to the theoretic model. 

CONCEPT OF THE AHP/THERMOSIPHON DESORBER 
Heat transfer from and to the heat exchangers of the AHP is 

provided by the heating circuit of the biomass boiler. Figure 1 

shows the sorption process in the solution field (van’t Hoff) of 

the working pair aqueous lithium bromide (LiBr/H2O) with 

water as refrigerant. The supply flow of the boiler with 

temperatures about 95 °C (tD) provides the driving heat for the 

desorber. Flue gas is cooled down from 140 °C to 25 °C (tE) by 

heat transfer to the evaporator. Upgraded heat is released by 

absorber and condenser to the return flow with standard 

temperature of 50 °C (tA). For given temperature levels, the 

concentration of the solution during operation is in safe distance 

to the crystallization limit, indicated by the dotted line at the right 

border of the solution field [1]. 

 
Figure 1 sorption process in the solution field of LiBr/H2O [2] 

The concept of the AHP with focus on the thermosiphon 

desorber is shown in Figure 2. In the evaporator, vapor is 

generated and continues to the absorber. The concentrated LiBr 

solution absorbs the refrigerant vapor while releasing heat. The 

dilute solution flows downwards and gets preheated by the 

solution heat exchanger (SHX) before entering the desorber. 

External heat input to the desorber drives desorption of 

refrigerant. In the head of the desorber, refrigerant vapor is 

separated from the concentrated solution and transferred to the 

condenser, where it is liquified and flows back to the evaporator. 

The concentrated solution continues from the desorber to the 

absorber and releases heat in counterflow to the dilute solution 

in the SHX. 

The thermosiphon desorber serves for desorption of 

refrigerant and circulation of the sorbent solution. Lifting of the 

solution flow from desorber outlet to the top of the absorber 

(from height H3,top to H4) is accomplished by the pressure 

difference from desorber to absorber (P4.1-P3). The falling film 

type absorber demands a mass flow rate per unit wetted 

perimeter > 50 l/(m∙h), that implicitly defines the height of the 

absorber (H3,top-H3,bottom). The hydrostatic pressure generated by 

the filling level (H3,bottom) and the pressure level of the absorber 

(P3) form the desorber inlet pressure (P4.0) that is driving force 

for the up-streaming solution flow.  

The desorber consists of vertical boiling tubes, heated by hot 

water streaming in the shell-side volume of the apparatus. The 

sorbent solution enters at the bottom end of the vertical tubes, the 

external heat input induces a two-phase flow driven by rising 

refrigerant vapor bubbles evaporating from the LiBr solution.  

 

 
Figure 2 Concept of AHP with themosiphon desorber  

THEORETIC MODEL 
Mass flow rate, heat transfer and pressure losses are strongly 

interdependent over the length of the boiling tube. Consequently, 

the balance equations of the desorption process can only be 

solved iteratively. In the theoretic model, the boiling tube is 

divided into 10 segments, for each segment the balance 

equations are solved. The sorbent solution is assumed to enter 

the bottom end of the tube under boiling conditions. The high 

pressure at the inlet of the tubes causes a high saturation 

temperature. To provide a high temperature difference, the hot 

water also enters at the bottom end with flow direction upwards. 
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Along the tube, the increasing LiBr concentration along the 

course of the desorption process and increasing pressure loss 

affect the saturation temperature. Pressure loss during the 

transition from the single phase to a two-phase flow result from 

change of hydrostatic height, friction and acceleration [3]. The 

frictional pressure drop is calculated according to Lockhart and 

Martinelli by relating the frictional pressure loss of the two-

phase flow to the single phase by adding a correction factor [4]. 

The heat transfer of the two-phase flow is composed of the heat 

transfer values for convective and for nucleate boiling calculated 

according to Steiner and Taborek [5]. 

The starting situation at the desorber inlet is characterized 

by the inlet conditions of the LiBr solution with the concentration 

x0, inlet pressure P4.0 and saturation temperature TS,0. Hot water 

enters with temperature Thw,0 and mass flow Ṁhw,0. The pressure 

at the top end of the desorber is set by condensation pressure P4.1. 

 

 
 

Figure 3 Segments of calculation model 

EXPERIMENTAL SETUP 
The experimental setup consists of the four heat exchangers 

condenser, absorber, solution heat exchanger (SHX) and 

thermosiphon desorber. The flow diagram including 

measurement instrumentation is shown in Figure 4. Condenser 

and absorber are cooled by a cooling water circuit. For the 

condenser a semi-open plate heat exchanger is used with the 

cooling water enclosed between the plates and open access for 

the vapor towards the channels between the plates assuring low 

pressure losses in the vapour flow. The liquified refrigerant 

leaving the condenser can be held back and stored in a tank in 

order to adjust the concentration of the LiBr/H2O solution. A 

falling film absorber with a horizontal tube bundle is employed. 

Concentrated solution from the desorber and liquid refrigerant 

from the condenser enter a distribution system on the top of the 

absorber (H3,top=1.7m) and are distributed on the tube bundle. 

The tube bundle consists of 6 columns of tubes with a wettable 

length of 3 m in total. A few centimetres of the absorber sump 

are flooded with solution to provide a constant reservoir level 

during the measurements. To adjust the filling level, solution 

must be added or extracted, whereby the filling level should not 

fall below the bottom end of the absorber (H3,bottom). According 

to the theoretic design, the liquid level is set to 1 m above the 

solution inlet of the desorber. A plate heat exchanger is used as 

SHX, with hot concentrated solution coming from the desorber 

streaming upwards to the top of the absorber and serving for 

preheating of the dilute solution, streaming downwards to 

desorber inlet. 

The configuration of the desorber is a shell and tube heat 

exchanger with 61 vertical tubes (inner diameter 13.7 mm, outer 

diameter 17.2 mm, length 1250 mm,) with solution rising 

upward inside the tubes reaching the outlet at a height of 1.3 m 

(H4,top). On the shell side, hot water directed upward serves for 

heating and installed baffle plates serve for meandering the hot 

water in order to improve heat transfer to the tubes.  

 

 
― dilute LiBr/H2O ― concentrated LiBr/H2O 

― liquid refrigerant --- vapor refrigerant ― external heating/cooling 
 

Figure 4 Experimental setup 

PROCESSING OF RESULTS 
In the external water circuits for heating and cooling, 

temperature measurements at inlet and outlet of the heat 

exchangers and volume flow measurement are installed. In the 

desorber, additional 10 temperature measurement points are 

installed to determine the temperature profile of the driving hot 

water, allowing to evaluate the change of the heat flux density 

along the height of the desorber.  
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Property data for saturated liquid solution of LiBr/H2O is 

based on Patek and Klomfar [6]. Composition of the 

concentrated solution is determined by solution temperature and 

pressure at desorber head (P4.1), assuming saturated state of the 

solution. With the volume flow of dilute solution, measured at 

the outlet of the absorber, and the amount of vaporized 

refrigerant, determined by condenser capacity, the concentration 

of the dilute solution at desorber inlet is obtained. The saturation 

pressure of the dilute solution at desorber inlet is calculated as a 

function of pressure (P4.0) and concentration of the dilute 

solution state. 

TRENDS AND RESULTS  
Results from the modelling in the following charts (Fig. 5 to 

Fig. 7) show the profiles of saturation temperature, concentra-

tion, pressure drop, heat flux density and heat transfer over the 

length of the boiling tube. The values represent the design point 

with 90 °C hot water inlet temperature, 43% dilute solution 

concentration, 19.3 kPa inlet pressure and 15.6 kPa outlet 

pressure. This setting has also been used for the experimental 

operation. Experimental determination of heat flux density is 

carried out by sectional temperature measurement of hot water 

from inlet to outlet. Comparison of theoretic prediction with 

results deduced from measurement data presented in Table 1 

shows good agreement. In detail, for the theoretic model, lower 

value of dilute solution volume flow V̇ but higher concentration 

of concentrated solution xconc result in a lower specific solution 

circulation f. Lower LMTD and less heat flux density q̅  (mean 

value over entire tube length) result in a higher mean overall 

HTC.  

Table 1 Resulting values of calculated and measured data  

 
LMTD V̇ f q̅ ov. HTC̅̅ ̅̅ ̅̅  xconc 

basis 
[K] [l/h] [-] 

[kW/ 

(m2K)] 

[kW/ 

(m2K)] 
[%] 

calculation 

model 
3.8 113 5.1 4.5 1.2 51.4 

measurement 5.8 123 7.1 4.9 0.85 50.0 

Figure 5 shows, strong increase in concentration in the lower 

part of the desorber leads to strong increase of saturation 

temperature. Due to reduced pressure, saturation temperature 

decreases slightly towards the top although the concentration 

increases continuously. Figure 6 illustrates the pressure drop 

originating from acceleration, hydrostatic head and friction of 

the two-phase flow. At the inlet, hydrostatic pressure losses are 

dominant but with increasing height, friction gains importance, 

due to rising vapor velocity. Figure 7 shows high values for the 

heat transfer coefficient of the two-phase flow increasing from 

25 to 30 kW/(m2K), based on theoretic correlations. The overall 

heat transfer coefficient is therefore limited by the heat transfer 

coefficient of the hot water, that is constant at about 

4.8 kW/(m2K). Due to high temperature difference between hot 

water and sorbent solution, a major part of desorption of 

refrigerant takes place in the lower section (Fig. 5), as expressed 

by high values of heat flux density. Within the prediction model 

the solution is assumed to enter in saturated state, thus desorption 

of refrigerant starts immediately upon entering the tube, resulting 

in high values of heat flux density (q_model) that are 

continuously decreasing along the height. As can be read from 

the measured values of heat flux density (q_meas), the highest 

value is found in the lowest section and decreases along the tube, 

indicating the start of desorption immediately at the inlet of the 

tubes. The values of the heat transfer show greater deviation 

from predicted values. Especially in the lower part, the 

prediction suggests a very sharp decrease, while measured values 

show a more moderate change of the values of the heat transfer 

coefficient. In contrast to the theoretic model, during 

experimental operation the solution enters in subcooled state. 

Thus, preheating of the solution is required continued by a more 

moderate desorption process along the vertical tube.  

 

  
Figure 5 saturation temperature 

TS and concentration x of LiBr 

solution  

Figure 6 pressure drop dp due 

to acceleration, friction and 

hydrostatic height 
 

 
Figure 7 heat transfer coefficient h and heat flux density 

q_model, heat flux density from measurement q_meas 
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In the following, theoretical prediction is compared to 

measured values. In Figure 8 to figure 12 pressure at desorber 

head is constant at 16 kPa and hot water inlet temperature is 

90 °C. Values are plotted for increasing desorber inlet pressure, 

with pressure difference dP over the tube length rising from 

3.5 to 4 kPa and varying values of the concentration of the dilute 

solution (41%, 43% and 45%). Figure 8 shows that 

concentration has a stronger effect on saturation temperature 

than pressure. Therefore, the influence of concentration on 

temperature difference dT between solution and hot water is 

higher than the influence of pressure. Driving temperature 

difference to hot water decreases for higher concentration of 

dilute solution from about 16 K to 11 K which is still sufficient 

for the onset of boiling. The deviation of the calculated values 

from the measured values is due to deviating set values of 

concentration and pressure during the measurement. For each 

datapoint, desorber head pressure and concentration are 

indicated in figure 8. This deviation of pressure and 

concentration must be considered in the figures 9 to 11 as well. 

Figure 9 indicates, that outlet concentration is expected to be 

dependent on pressure difference only, independently from 

varying inlet concentration of dilute solution. Measured values 

of outlet concentration differ by about 2 % (weight) from 

theoretic prediction. Figure 10 shows up to 2.4-fold increase of 

the expected volume flow of sorbent solution, when pressure 

difference is increased from 3.5 to 4 kPa. Measurement data 

reflect the same trend but tend to be 10 to 20 % higher compared 

to theoretic prediction. In Figure 11, results for the specific 

solution circulation are analyzed, again showing higher values 

for the experiment compared to the model. The lower solution 

outlet concentration found in the experimental data (Fig. 9) 

indicates that less refrigerant is evaporated. Consequently, a 

lower frictional pressure drop occurs due to the reduced vapor 

content in the two-phase flow. Thus, the share of hydrostatic 

pressure drop in the pressure balance increases, allowing for a 

higher volume flow of sorbent solution that can be lifted 

(Fig. 10).  

In contrast to the theoretic model describing a strongly 

varying local heat transfer along the boiling tubes, measurement 

data only provide information about the mean heat flux density. 

As displayed in Figure 12 the experiment shows the same trend 

for the mean heat flux density depending on concentration and 

pressure as calculated values. 

Summarizing the results in Figures 9 and 12, results are 

found to be consistent: In experiment and model, similar values 

for the heat flow are obtained (Fig. 12). Practical values of the 

pumped flow of the sorbent solution exceed the model 

prediction, as shown in Fig. 10 and 11. Consequently, a lower 

change of sorbent concentration is obtained, resulting in lower 

concentration of the solution at the desorber outlet (Fig. 9). 

 
Figure 8 Calculated (green lines) and measured values 

(datapoints) of temperature difference dT between hot water 

and saturation temperature of dilute solution at desorber inlet 

for increasing inlet pressure  

 

Figure 9 Calculated (green lines) and measured values of 

concentrated solution xconc for increasing inlet pressure  

 

 
Figure 10 Calculated (green lines) and measured values of 

dilute solution volume flow for increasing inlet pressure  
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Figure 11 Calculated (green lines) and measured values of 

specific solution circulation (Ṁdil. sol/Ṁref) for increasing inlet 

pressure  

 

 
Figure 12 Calculated (green lines) and measured values of 

mean heat flux density for increasing inlet pressure  

CONCLUSION  
A hot water driven thermosiphon desorber has been developed 

that serves for circulation of sorbent solution and desorption of 

refrigerant in an AHP, applied for flue gas condensation of a 

biomass boiler. The concept has been experimentally 

investigated in a test rig and measurement data was compared to 

a theoretic model. The theoretic model allows prediction of heat 

transfer, pressure loss and mass flow rate along the boiling tube. 

Heat flux density along the tube obtained from measured data 

proves the predicted variation, starting from high values at the 

lower sections which then decrease towards the desorber outlet 

at the top.  

Results from experiments with varying concentration of sorbent 

solution and pressure level are in good agreement with the 

prediction model. Values for volume flow, heat flux and specific 

solution circulation is in general agreement. Trends and 

tendencies during variation of parameters are similar. Rising 

inlet pressure and concentration are favourable for high values 

of volume flow although higher saturation temperature and less 

driving temperature difference to hot water occur. 

The operational behaviour is promising for the technical 

implementation of an AHP adapted to a biomass boiler for heat 

input to a district heating network. Further measurements with 

extended variation of pressure levels and sorbent solution 

concentrations are planned. 
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ABSTRACT 
Various machine learning models in recent years have 

demonstrated capability in improving the accuracy of Reynolds-

averaged Navier-Stokes (RANS) simulations. One such example 

is the tensor-basis neural network (TBNN), which has been 

shown to introduce improvements that would be challenging or 

impossible for RANS approaches to model, such as anisotropic 

normal Reynolds stresses. This paper reports on a hyper-

parameter tuning exercise, to find optimal parameter settings for 

TBNNs predicting Reynolds stress anisotropy in channel flow, 

and these are also used in TBNNs deployed on internal flow over 

a forward-backward facing step. The accuracy of ensemble 

TBNN predictions is investigated, and it is shown that further 

improvements to Reynolds stress anisotropy predictions can be 

made when an ensemble size of 25 or more is used. 

NOMENCLATURE 

𝑏𝑖𝑗 [-] Reynolds stress anisotropy tensor 

𝑔𝑛 [-] General effective viscosity hypothesis coefficients 

𝑘 [m2/s2] Turbulent kinetic energy 

𝑅𝑒𝜏 [-] Channel flow Reynolds number 

𝑺 [-] Dimensionless mean strain rate tensor 

𝑻(𝑛) [-] General effective viscosity hypothesis tensors 

𝑢𝜏 [m/s] Friction velocity 

Special characters 

𝛿 [m] Channel half height 

휀 [m2/s3] Turbulent kinetic energy dissipation rate 

𝜈𝑡 [m2/s] Eddy viscosity 

𝜴 [-] Dimensionless mean rotation rate tensor 

Subscripts 

𝑖𝑗 Free indexes in Reynolds stress anisotropy tensor 

𝑘 Dummy index for number of location points 

𝑛 Dummy index for terms in general effective viscosity 
hypothesis 

INTRODUCTION 
Reynolds-averaged Navier-Stokes (RANS) approaches are 

widely used for simulating turbulent flows due to their 

computational efficiency and tractability. Most RANS models, 

including popular two-equation ones such as k-ω shear stress 

transport (SST), use Boussinesq Hypothesis (BH) for Reynolds 

stress closure. However, due to several assumptions that BH is 

based on, it is well-known that these RANS models do not give 

satisfactory accuracy in predicting certain flow features, 

including flow stagnation, recirculation, and separation [1]. 

Furthermore, BH cannot model anisotropic normal Reynolds 

stresses, which exist in boundary layers and secondary flows [2]. 

Nonlinear eddy viscosity models have been proposed as 

alternatives to BH [3]. These models use higher-order products 

of mean strain and rotation rate tensors to predict Reynolds 

stress, which have been shown to simulate stagnation and 

streamline curvature effects more accurately and can model 

anisotropic normal Reynolds stresses. However, nonlinear 

models have not seen widespread usage, as their coefficients 

must be tuned through a long and tedious process for every flow 

problem to give consistent accuracy improvements over BH [4]. 

To address the deficiencies in RANS approaches and 

improve their prediction accuracy, there has been gathering 

interest over recent years in using machine learning (ML) for 

modelling Reynolds stress. Neural networks (NNs) have 

commonly been the ML model of choice in these applications 

for their flexibility in approximating complex functions, such as 

Reynolds stress closure [5, 6]. In particular, the tensor-basis 

neural network (TBNN) developed by Ling et al. [7] has seen 

popularity, due to its high generalisation performance and 

prediction accuracy resulting from embedding physical laws in 

the model. Ling et al. showed that TBNN could reduce root mean 

squared errors in Reynolds stress anisotropy predictions from 

RANS by 44% for square duct flow and 56% for flow over 

periodic hills. Furthermore, the prediction of anisotropic normal 

Reynolds stresses and secondary flows were also reported [7]. 

Despite the proven capabilities of TBNN, numerous open 

questions remain regarding its parameters and best practices for 

model deployment. The best choices for TBNN hyperparameters 

that can consistently yield high prediction accuracy are not well-

defined in the literature, including the learning rate and number 

of hidden layers and nodes. These are vital considerations for 

optimising the predictive performance of any NN. Although 

some TBNN studies have recorded attempts at tuning these 

parameters, their investigations have been limited in parameter 

space and detail. Due to randomness in weight initialization, 

NNs often converge to different local minima during training, 

instead of the global minimum. Therefore, an ensemble of 
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TBNN instances can be trained to provide multiple predictions 

that can be averaged to give a mean result when testing. The 

optimal number of these TBNN ensembles for prediction 

averaging has also not been studied properly in the literature. 

This work focuses on addressing these considerations for 

TBNNs trained, validated, and tested on channel flow shown in 

Figure 1(a). The optimal TBNN hyperparameters were used 

afterwards to predict anisotropy in flow over a confined forward-

backward facing step (F-BFS) – a canonical internal flow 

problem, shown in Figure 1(b). 

 

 

 

(a) 

 

 
 

 

(b) 

 

 
Figure 1 (a) Channel flow, (b) Flow over F-BFS 

TENSOR BASIS NEURAL NETWORK 
The mathematical foundation of TBNN is based on the 

general effective viscosity hypothesis (GEVH) – a generalised 

expansion of the Reynolds stress anisotropy tensor bij [8]: 

𝑏𝑖𝑗 = ∑ 𝑔𝑛𝑻(𝑛)

10

𝑛

 (1) 

Coefficients 𝑔1 to 𝑔10 are unknown scalars but are functions 

of the following five invariants of non-dimensional mean strain 

rate 𝑺 and mean rotation rate 𝛀: 

𝑔𝑛 = 𝑓(𝑇𝑟(𝑺2), 𝑇𝑟(𝛀2), 𝑇𝑟(𝑺3), 𝑇𝑟(𝛀2𝑺), 𝑇𝑟(𝛀2𝑺2)) (2) 

where 𝑺 and 𝛀 have been non-dimensionalised by turbulent 

kinetic energy (TKE) 𝑘 and turbulent dissipation rate 휀. Tensors 

𝑻(1) to 𝑻(10) are known functions of 𝑺 and 𝛀, with terms 

consisting of their tensor products. Note that BH and nonlinear 

eddy viscosity models are truncated versions of the GEVH and 

hence Equation (1) gives their full expression. The goal of the 

TBNN is to approximate coefficients 𝑔1 to 𝑔10, which can then 

be used in Equation (1) to solve for anisotropy tensor. 

Figure 2 shows that the TBNN architecture is specially 

designed to imitate the GEVH in Equation (1). The tensor input 

layer accepts 𝑻(1) to 𝑻(10) tensors as inputs and hence contains 

ten nodes. Similarly, the invariant input layer accepts the 

invariants in Equation (2) as inputs and therefore has five nodes. 

These invariants are propagated through a series of hidden 

layers, aiming to collectively approximate the complex function 

of Equation (2). The final hidden layer contains ten nodes, 

corresponding to approximations of coefficients 𝑔1 to 𝑔10. 

Finally at the merge output layer and to replicate Equation (1), 

element-wise products of the tensor input layer and final hidden 

layer are calculated and these terms are summed to give an 

approximation for anisotropy tensor. This architecture 

guarantees Galilean invariance in its anisotropy predictions. 

The ML workflow for TBNN typically consists of model 

training, validating, and testing, with all three tasks requiring 

their own datasets. Fitting the TBNN to the training dataset 

allows coefficients 𝑔1 to 𝑔10 to converge to an approximation. 

Stopping of the training process can be invoked after a certain 

number of epochs by testing the TBNN on the validation set. 

Model parameters can also be tuned by evaluating the validation 

performance after trying different parameter settings. Once fully 

trained, the TBNN may be tested on the test set to assess its 

predictive performance and readiness for real-world deployment. 

In these three tasks, RANS data is supplied to the two input 

layers and anisotropy values predicted by the TBNN are 

compared with those from a high-fidelity method, such as LES, 

which act as ground-truth values for evaluating the accuracy of 

TBNN predictions. Therefore, data from computational fluid 

dynamics (CFD) cases simulated with both RANS and a high-

fidelity method must be gathered to create a dataset for each task. 

More specifically, these datasets must include 𝑻(1) to 𝑻(10) 

tensors and Equation (2) invariants calculated from RANS, as 

well as anisotropy results from the high-fidelity method. 

 

Figure 2 Typical TBNN architecture 

CHANNEL FLOW DATASETS 
 

Channel Flow Domain and Boundary Conditions 

TBNNs were firstly trained, validated, and tested on 

turbulent channel flow problems. Seven channel flow cases with 

Reynolds numbers of 180, 290, 395, 490, 590, 760 and 945 based 

on friction velocity and channel half-height were simulated with 

both RANS and LES to create the datasets. Their corresponding 

bulk velocities were 2.2, 3.8, 5.4, 7.0, 8.6, 11.7 and 14.7 m/s. A 

truncated channel domain was used for all cases, with channel 

half-height δ = 0.04m, length and width 8δ, and kinematic 

viscosity of 1.57×10-5 m²/s. Periodic boundary conditions (BCs) 

were enforced in the streamwise and spanwise directions for all 

simulations, while no-slip and non-permeable BCs were 

assigned to the walls. At the walls of the RANS cases, a 

Neumann BC for pressure was used and specific TKE dissipation 

rate 𝜔 was set to a fixed value given by the equation proposed 

by Menter for SST in [9]. Eddy viscosity νt was set to calculated 

to allow transport equations to be integrated down to the wall. 

For the LES cases, Neumann BCs were applied for pressure and 

Flow 
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eddy viscosity at the walls as wall-resolved LES was performed. 

Constant bulk flow velocity was maintained in all cases by an 

external force that was added into the momentum equation using 

the fvOptions utility in OpenFOAM, as the BCs used do not 

allow flow momentum to enter the domain. Grid independence 

studies were conducted for the RANS and LES simulations – the 

results for the LES one are shown in Figure 3(a). These studies 

led to 3.64×106 and 9.90×106 elements being used in the RANS 

and LES simulations respectively, with their grid resolutions 

shown in Table 1. 

Table 1 Channel flow grid resolution 

Cell dimensions RANS LES 

Δ𝑥+ 76 48 

Δ𝑦+ (min) 2 0.95 

Δ𝑦+ (max) 12 12 

Δ𝑧+ 38 24 

 

Channel Flow Numerical Method 

To demonstrate the applicability of TBNN to modern CFD 

practices, SST was the chosen turbulence model in the RANS 

simulations as it is well-validated and widely used in industry. 

The SimpleFoam solver in OpenFOAM was used to run the 

steady state RANS cases with the SIMPLEC setting to provide a 

more robust solution and the simulations were run until the initial 

residuals converged to less than 1×10-6. Gauss linear was used as 

the gradient, interpolation and all divergence discretisation 

schemes for its second order accuracy. 

The LES cases were run using the Wall-Adapting Local Eddy 

Viscosity (WALE) turbulence model. Gauss linear was used for 

the interpolation, gradient and divergence schemes to avoid 

introducing numerical dissipation, and PisoFoam was chosen as 

the solver. To carry out time integration, backward Euler was 

used for its second order accuracy and the maximum Courant 

number was kept below 0.7. The initial condition was provided 

by the converged RANS results of corresponding Reynolds 

number and the flow was perturbed using the perturbU utility in 

OpenFOAM before running the simulations. 

 

Channel Flow Data Pre-processing 

The noise of turbulent fluctuations in LES results can make 

accurate mapping of RANS quantities to anisotropy from LES 

challenging when training TBNNs. Therefore, time-averaged 

values of Reynolds stress were gathered by performing statistical 

time-averaging during the LES simulations for 50 δ/uτ seconds 

after ten through-flow times. As channel flow is homogeneous 

in the streamwise and spanwise directions, the RANS and LES 

data were also spatially-averaged in these dimensions, giving 

their averaged results through the wall-normal direction. DNS 

results of channel flows at four Reynolds numbers (Reτ = 180, 

395, 590, 945) were used to validate these 1D results, with Figure 

3(b) showing validation for the Reτ = 590 case [10, 11]. Finally, 

the 1D LES results were interpolated at the RANS cell-centre 

wall-normal coordinate values in order for the RANS and LES 

results to have the same number of datapoints. 

Data from five cases were used for training: Reτ = 180, 290, 

490, 760 and 945. Experiments have demonstrated that multi-

layer perceptrons – which the TBNN is a type of – perform worse 

in extrapolation compared to interpolation, and especially when 

training data distribution is not sufficiently diverse [12, 13]. 

Therefore, Reτ = 395 was selected for validation and Reτ = 590 

was chosen for testing on the basis that the Reynolds numbers 

for these cases are enveloped by those in the training dataset. 

  
(a) (b) 

Figure 3 (a) Probe results of mean streamwise velocity Ux at 

y+ = 15 for Reτ = 945 case simulated with LES, showing grid 

independence and (b) Ux profiles for Reτ = 590 case 

simulated with DNS, LES and RANS 

RESULTS 
 

Hyperparameter Tuning 

Five hyperparameters that can have significant influence on 

the training of any NN are the number of hidden nodes and the 

number of hidden layers, learning rate, batch size and choice of 

activation functions. A grid search was performed to find 

optimal choices for these parameters to use in TBNN deployed 

on channel flow. The parameter space was discretised as shown 

in Table 2, resulting in 3240 different combinations 

experimented. For each combination, 25 instances of TBNN 

were separately trained, validated and tested, resulting in 25 

anisotropy predictions when validating or testing the TBNNs, 

which could be averaged afterwards to give a mean anisotropy 

result. An ensemble size of 25 was chosen to balance 

computational cost with accuracy of the mean anisotropy as 

ensemble size increases. 

Table 2 Hyperparameter space discretisation 

Hyperparameter Discretisation 

No. of hidden layers 2, 5, 10, 20, 30 

No. of hidden nodes 5, 10, 25, 50, 75, 100 

Activation function 

for hidden nodes 

sigmoid, Exponential linear unit (ELU), 

softplus, rectified linear unit (ReLU), 

leaky ReLU (leakiness = 0.01, 0.33) 

Learning rate 10-1, 10-2, 10-3, 10-4, 10-5, 10-6 

Batch size 5, 10, 20 

Aggregate mean squared error (AMSE) was used as the loss 

function and can represent the accuracy of a TBNN instance: 

𝐴𝑀𝑆𝐸 =
1

9𝑁𝑑𝑎𝑡𝑎
∑ ∑ ∑(𝑏𝑖𝑗,𝑘,𝑝𝑟𝑒𝑑𝑖𝑐𝑡𝑒𝑑 − 𝑏𝑖𝑗,𝑘,𝐿𝐸𝑆)

2
3

𝑗=1

3

𝑖=1

𝑁𝑑𝑎𝑡𝑎

𝑘=1

 (3) 
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𝑁𝑑𝑎𝑡𝑎 is the number of location points where anisotropy is 

predicted by the TBNN. After every 10 training epochs, each 

TBNN instance was tested on the validation set and subsequently 

produced an AMSE. Early stopping in training each TBNN 

instance was invoked if the average of the three most recent 

AMSE values were greater than the average of the three before 

them. The following averaged root mean squared error 

(ARMSE) was used to evaluate the average error for TBNN 

instances of a specific parameter combination: 

𝐴𝑅𝑀𝑆𝐸 =
1

𝑁𝑖𝑛𝑠𝑡𝑎𝑛𝑐𝑒𝑠

∑ √𝐴𝑀𝑆𝐸

𝑁𝑖𝑛𝑠𝑡𝑎𝑛𝑐𝑒𝑠

𝑚=1

 (4) 

where 𝑁𝑖𝑛𝑠𝑡𝑎𝑛𝑐𝑒𝑠 is the number of TBNN instances in an 

ensemble. Performance of the parameter combinations was 

assessed using three metrics: total run time required to train, 

validate and test 25 TBNN instances, final ARMSE in predicting 

the validation set which invoked early stopping and ARMSE in 

predicting the test set. 

The top five combinations which returned the lowest final 

validation ARMSE are shown in Table 3. Although ReLU and 

its variants have been preferred activation functions in recent 

years to avoid the vanishing gradient problem (VGP), sigmoid 

and tanh have been reported to perform better than the ReLU 

family for simple regression problems [14]. This may be why 

three combinations that used sigmoid are featured in Table 3. 

These models likely only experienced small effects of VGP due 

to their shallow architectures of two hidden layers. Their run 

time were 2.4 to 3 times faster than the Softplus combination and 

3.4 to 4.5 times faster than the ELU one, which can be attributed 

to their low number of hidden nodes and higher learning rate of 

0.01, compared to 0.001 for the other two combinations. 

Table 3 Lowest final validation ARMSE combinations 

No. 

hidden 

layers 

No. 

hidden 

nodes 

Activation 

functions 

for hidden 

nodes 

Total 

run 

time 

(s) 

Final 

validation 

ARMSE 

Testing 

ARMSE 

5 50 ELU 379 5.82E-02 5.09E-02 

2 10 Sigmoid 113 5.84E-02 5.19E-02 

2 10 Sigmoid 85 5.84E-02 5.22E-02 

2 75 Softplus 272 5.86E-02 5.25E-02 

2 5 Sigmoid 100 5.87E-02 5.30E-02 

Table 4 shows the top five combinations that returned the 

lowest testing ARMSE. It is clear that some ELU combinations 

performed significantly better in testing, while sigmoid ones do 

not feature at all. This is likely because ELUs have been shown 

to possess higher training and testing accuracy compared to 

ReLU and sigmoid in deep NNs, and the test set may have been 

better represented in the training data compared to the validation 

set, given that testing ARMSE is consistently lower than the final 

validation ARMSE in both tables [15]. Moreover, these larger 

architectures in Table 4 with more nodes are known to have 

better memorisation, meaning they can predict more accurately 

on test samples similar to those in the training set. As ReLU and 

ELU do not cause VGP, deeper architectures with 5 or 10 layers 

as shown can be trained, which are known to have better 

accuracy and generalisation performance too. The learning rates 

of the top three ELU combinations and remaining two were 

0.001 and 0.0001 respectively. Combinations in both tables used 

batch size of 5 or 10. 

Table 4 Lowest testing ARMSE combinations 

No. 

hidden 

layers 

No. 

hidden 

nodes 

Activation 

functions 

for hidden 

nodes 

Total 

run 

time 

(s) 

Final 

validation 

ARMSE 

Testing 

ARMSE 

5 100 ELU 819 5.92E-02 5.09E-02 

5 50 ELU 379 5.82E-02 5.09E-02 

5 75 ELU 358 5.92E-02 5.13E-02 

10 100 ELU 1942 5.92E-02 5.14E-02 

10 75 Leaky 

ReLU 

1049 5.93E-02 5.15E-02 

Differences between Tables 3 and 4 suggest that the choice 

of CFD cases for the validation and test sets influences optimal 

parameter values. Therefore, experimenting with different cases 

for validating and testing will be explored in a future study. The 

only model to feature in both tables is the top combination in 

Table 3. Therefore, this one was considered to possess optimal 

parameter settings in the grid search. 

 

Ensemble Averaging 

To assess how the ensemble size of TBNN instances 

influences the accuracy of mean anisotropy, 200 instances of the 

optimal combination from hyperparameter tuning were trained, 

validated, and tested. The average anisotropy result for x number 

of instances was defined as the average anisotropy result from 

the first x number of instances. The accuracy of individual 

component predictions in the mean anisotropy was assessed 

using component mean squared error (CMSEij): 

𝐶𝑀𝑆𝐸𝑖𝑗 =
1

𝑁𝑑𝑎𝑡𝑎

∑ (𝑏𝑖𝑗,𝑘,𝑝𝑟𝑒𝑑𝑖𝑐𝑡𝑒𝑑 − 𝑏𝑖𝑗,𝑘,𝐿𝐸𝑆)
2

𝑁𝑑𝑎𝑡𝑎

𝑘=1

 (5) 

Table 5 shows CMSE results for the main shear component 

b12 and normal components of the mean anisotropy for different 

ensemble sizes of TBNN instances deployed on the test set. For 

comparison, CMSEs for the RANS data is also shown, whereby 

𝑏𝑖𝑗,𝑘,𝑝𝑟𝑒𝑑𝑖𝑐𝑡𝑒𝑑 in Equation (5) was replaced with 𝑏𝑖𝑗,𝑘 from RANS 

data. Note that CMSEs for off-diagonal components are equal to 

their symmetric counterparts i.e., CMSE12 = CMSE21. Results for 

CMSE13 and CMSE23 have been omitted from Table 5 because 

very low values were calculated, due to negligible values of b13 

and b23 predicted by RANS, LES and TBNN. However, it is 

worth noting that 3.61×10-7 and 3.78×10-8 for CMSE13 and 

CMSE23 respectively were calculated for all ensemble sizes and 

RANS. This shows that TBNN training is almost only sensitive 

to the other components. 

As the ensemble size increases from 5 to 25, CMSE reduces 

by 5% across the components in Table 5. Although all 

components of CMSE converge to non-zero values for an 

ensemble size of 25 or more, these results show that ensemble 

TBNNs can improve RANS results significantly, reducing 

CMSE11, CMSE22 and CMSE33 by 80% and CMSE12 by 57%. 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 854 of 1061



  

  

Table 5 CMSE results for ensemble averages 

No. TBNN 

instances 
CMSE11 CMSE12 CMSE22 CMSE33 

5 1.32E-02 7.99E-04 5.52E-03 1.83E-03 

10 1.29E-02 7.66E-04 5.39E-03 1.77E-03 

25 1.26E-02 7.56E-04 5.26E-03 1.74E-03 

50 1.26E-02 7.53E-04 5.26E-03 1.73E-03 

100 1.26E-02 7.60E-04 5.28E-03 1.74E-03 

200 1.25E-02 7.59E-04 5.24E-03 1.74E-03 

RANS 6.34E-02 1.76E-03 2.53E-02 9.02E-03 
 

The remaining small discrepancies in these components may 

be explained with Figure 4, which shows their mean profiles 

predicted by the ensemble of 200 TBNN instances, along with 

those obtained from LES and RANS for comparison. y is the 

wall-normal distance from the bottom channel wall, which has 

been non-dimensionalised by the full channel height yf. The left 

and right edges of these plots correspond to the bottom and top 

walls of the channel respectively. Values of zero were predicted 

for the normal components at the walls, in contrast to 0.44 for 

b11, -0.33 for b22 and -0.11 for b33 by LES. This is because 𝑺 and 

𝛀 used in the input layers were non-dimensionalised by TKE, 

and the no-slip condition dictates that TKE at the wall must be 

zero. Hence values of zero for 𝑺 and 𝛀 were given to the tensor 

input layer and Equation (1) returned zero for all bij components. 

This issue may be resolved by using a time-scale that does not 

include TKE for the non-dimensionalisation. A similar issue 

exists at the channel centre, whereby the TBNN profiles are 

‘pulled’ to zero. The only non-zero velocity gradient component 

in channel flow is dU/dy, which becomes zero at the channel 

centre due to changing sign in the wall-normal direction. 

Therefore, values of zero were calculated here for all 

components of 𝑺 and 𝛀, and also resulted in zero anisotropy 

predicted. This issue intrinsic to the GEVH has been reported in 

the literature and would require a modification to the GEVH and 

representative TBNN architecture to remedy it [16].  

The authors believe the training of these TBNNs has been 

driven by the zero value constraints discussed above and loss 

reduction at the abundant number of datapoints between the 

buffer layer and channel centre (y/yf = 0.1 to 0.4 and 0.6 to 0.9). 

TBNN weights and biases optimised for these regions have 

resulted in subpar accuracy in buffer layer predictions as a 

compromise. This may be resolved by training a separate TBNN 

model for the near-wall flow. Other issues pertaining to NNs are 

the outliers, such as at y/yf = 0.8 and slight asymmetry in 

prediction between the top and bottom halves of the channel. 

These issues motivated the displaying of results for the full 

channel height in Figure 4. The asymmetry may be remedied by 

incorporating differences in anisotropy between location-

symmetric data point pairs in the loss function. 

 

 

 

 

Figure 4 Channel flow anisotropy profile results 

 

Flow over Forward-Backward Facing Step 

To assess the performance on a more complex internal flow 

problem, an ensemble of 200 TBNNs with the top parameter 

combination from the channel flow study were separately 

trained, validated and tested to predict anisotropy in flow over a 

forward-backward facing step (F-BFS). Simulations of Reynolds 

number = 1800, 3600 and 7200 based on inlet velocities 1, 2 and 

4 m/s and step height hs = 18 mm were run with RANS and LES. 

As symmetric BCs were used in the spanwise direction in all 

simulations, results at the centreplane were extracted for TBNN 

workflow. The TBNNs were trained on centreplane data from 

the Re = 1800 case and validated on Re = 7200, before being 

tested on the Re = 3600 case. These were chosen so that the 

trained TBNNs would have some bias on two cases of Reynolds 

numbers that envelop the test case one.  

b11 was found to have the highest magnitude out of all the 

components for the LES results and Figure 5 shows the contour 

results for b11 across the entire domain. It is clear that the TBNNs 

capture b11 more accurately in the regions of interest compared 

to RANS, e.g. on top and downstream of the block, and most 

crucially in the adverse pressure gradient region on the block 

leading edge. However, the TBNN prediction is inaccurate in the 

region upstream of the block as this flow is laminar and the 

physics in the downstream regions were represented more in the 

training data, with 74% of data for each case being downstream 

flow results. Therefore, improvements may be obtained in the 

upstream region predictions by providing more upstream flow 

data in the training dataset. 

Lastly, Figure 6 shows the normal and main shear anisotropy 

profiles at x/hs = 5. It is clear that TBNN predicts the normal 

components more accurately and follows the LES trend more 

closely than RANS. However, there is room for improvement in 
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the b12 component and the near-wall region for the normal 

components. The latter is due to the zero anisotropy constraint at 

the walls as discussed in the channel flow study, thereby showing 

this issue is present in more complex internal flows too. 

 
 

 
Figure 5 F-BFS b11 contour results, from top to bottom: RANS, 

LES and TBNN 

  

  

Figure 6 F-BFS anisotropy bij profile results at x/hs = 5 

CONCLUSION  
An in-depth hyperparameter tuning study on TBNN 

predictions for anisotropy in channel flow has shown that the 

choice of CFD cases for validation and testing can have a 

significant influence on the optimal parameter set. Despite this, 

a TBNN architecture that used ELU activations predicted well in 

both validation and testing, outperforming ReLU. Running an 

ensemble of 25 TBNNs or more was shown to improve TBNN 

prediction accuracy of anisotropy components by 5%, thereby 

improving RANS results by 80% in the normal components and 

57% in the b12 component. Some areas for improvement which 

are especially important in internal flows are predictions in 

regions of no velocity gradient and at the wall, where the typical 

TBNN predicts zero anisotropy, and the buffer layer where 

TBNN shows some discrepancy. The latter two issues were also 

reported in TBNN predictions for flow over a F-BFS. 
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ABSTRACT 
Magnetocaloric refrigeration and heat pumping is 

considered one of the promising alternatives to vapour-

compression refrigeration, but it needs a scientific breakthrough 

to become competitive. The main problem is poor thermal 

performance, which can be potentially solved with application 

of thermal switches. In this work, we present the numerical 

analysis of ferrofluidic thermal switch in magnetocaloric 

device. The thickness of thermal switch in the device is 

optimized with genetic algorithm-based optimization. The 

model contains a genetic algorithm for optimization of 

temperature span by changing the sizes of the thermal switches 

and magnetocaloric material through cross-over and mutation 

process. The optimal solution is chosen with the highest 

temperature difference between the heat source and the heat 

sink. The maximum temperature span of optimized thicknesses 

of magnetocaloric material and thermal switches was 1.154 K. 

At the end, we present advantages and disadvantages of such 

optimization process. 

INTRODUCTION 
The global energy demand for refrigeration and air 

conditioning is growing rapidly [1] and could triple by 2050 [2] 

without major improvements in energy efficiency. The majority 

of refrigerating and heat pumping devices are based on vapour 

compression. The main disadvantages of this technology is the 

use of environmentally unfriendly refrigerants [3,4] and 

moderate energy efficiency of small appliances [5]. Caloric 

refrigeration and heat pumping is seen as one of the promising 

alternatives to vapor-compression refrigeration technology [6–

8], but requires a technology breakthrough to enter the market.  

Caloric technologies exploit caloric effect, where, under 

adiabatic conditions, the temperature of the caloric material 

increases when external field, force, or pressure is applied, and 

decreases when it is removed. We distinguish between 

magnetocaloric [9–12] (the external field is magnetic), 

electrocaloric [13–16] (the external field is electric), 

mechanocaloric [17–21] (force or pressure is applied), and 

multicaloric [22–24] (a combination of caloric technologies). 

Magnetocaloric refrigerating or heat pump device comprises 

magnetocaloric material, heat transfer medium, heat sink, and 

heat source. The exploitation of the caloric effect is achieved by 

different thermodynamic cycles [10]. The most illustrative is 

the Brayton cycle, which consists of four processes: 

- magnetization (the magnetic field density is increased

from the lower to the higher value), 

- high iso-field heat transfer process,

- demagnetization (the magnetic field density is decreased

from the higher to the lower value), 

- low iso-field heat transfer process.

The operating frequency denotes the number of completed 

cycles per unit of time.  

In majority of magnetocaloric prototypes, heat transfer 

between the magnetocaloric material, heat sink, and heat source 

is based on active magnetocaloric regeneration. Active 

magnetocaloric regenerator (AMR) is a porous structure of 

magnetocaloric material, through which the working fluid 

oscillates. The oscillatory movement is synchronized with the 

magnetic field change: when the magnetocaloric material is 

heated due to magnetocaloric effect, the fluid flows through the 

AMR towards the heat sink, where it rejects heat. When the 

magnetocaloric material is cooled due to magnetocaloric effect, 

the fluid flows through the AMR towards the heat source, 

where it absorbs heat. The cyclic operation establishes 

temperature span between the heat source and the heat sink. 

The regeneration enables higher temperature span than the 

adiabatic temperature change of magnetocaloric material, but 

the highest efficiency is achieved only at low frequencies, 

where fluid velocity is low. Higher operating frequency i.e. 

higher heat transfer fluid velocity leads to high pressure drops 

across the AMR and consequently high input power of pump 

and heat gains due to viscous losses. Additional causes for 

lower performance of AMR are dead volume, carryover 

leakage and fluid maldistribution within the AMR [10]. 

Instead of the AMR, proposed solution is the 

implementation of thermal switches in refrigerating and heat 

pump devices, which could enhance heat transfer and enable 

operation at higher operating frequencies, which in turn would 

lead to more compact devices [10,25,26]. Thermal switch is 

thermal control element, which allows (acts as thermal 

conductor) or limits (acts as thermal insulator) heat flux. The 

on/off switching is triggered by external energy input (i.e. 

magnetic, electric field, force, or pressure).  

NUMERICAL MODEL OF MAGNETOCALORIC DEVICE 
WITH THERMAL SWITHCES 

We have previously developed a 1D numerical model for 

evaluation of different kinds of static thermal switches in 

magnetocaloric device under different operating conditions. 

Static thermal switches are those whose parts do not move 
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during switching between the on and off states, however, their 

effective thermal conductivity changes – it is low during off 

state and high during on state. There are different mechanisms 

for changing the effective thermal conductivity of static thermal 

switches. For example, electro-convection [27], electrically 

induced anisotropy in thermal conductivity [28–30], magneto-

convection [31], magnetically induced anisotropy in thermal 

conductivity [32,33].  

In our recent paper [34] we used our 1D numerical model 

for evaluation of static ferrofluidic thermal switch, which 

solves the following heat transfer equation: 
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where T is temperature, t time, x location, B magnetic field 

density, k thermal conductivity and cp specific heat. Heat 

conduction between components of magnetocaloric devices is 

coupled with magnetocaloric effect, which heat and cools 

magnetocaloric material. The final temperatures Tfi after 

magnetization (1) and demagnetization (2) are calculated as 

),,(, inifiinimagadinifi BBTTTT   ,   (2) 

),),(( ,, inifimagadfidemagadinifi BBTTTTT   , (3) 

where Tini is initial temperature, Bini and Bfi initial and final 

magnetic field, and ΔTad,mag  and ΔTad,demag adiabatic temperature 

change calculated from the specific entropy data of 

magnetocaloric material. Effective thermal conductivity of the 

ferrofluid in static ferrofluidic thermal switch changes under 

applied external magnetic field, because of the alignment of 

metallic particles in the ferrofluid. We assumed the effective 

thermal conductivities during on and off state 0.58 and 0.29 

W/mK, respectively, as measured by Katiyar et al. [35]. The 

numerical model evaluates the thermal performance of the 

magnetocaloric device according to the non-regenerative single 

stage Brayton thermodynamic cycle, as presented in Figure 1. 

Magnetocaloric material in the middle is sandwiched between 

two thermal switches, which operate alternatively. There is heat 

source on extreme left and heat sink on extreme right. We 

defined convective boundary condition for the heat sink and 

input heat flux for the heat source. 

 

 
Figure 1 Thermodynamic cycle of magnetocaloric device 

with ferrofluidic thermal switches. Reproduced with permission 

from [34]. 

 

We considered magnetocaloric material gadolinium and 

heat sink/source made of steel. The magnetic field was 

considered to change between 0 and 1 T at an operating 

frequency of 20 Hz. Additional information on the model and 

the results of analysis can be found in Ref. [34]. The model 

does not take into account thermal losses/gains. 

The thermal performance of refrigerating device can be 

evaluated according to the maximum temperature span that is 

established between the heat source and the heat sink in quasi-

steady state operation. Figure 2 shows the typical time 

evolution of heat sink, heat source and magnetocaloric material 

temperatures. 

The temperature span depends on the operating parameters 

and thicknesses of the components, i.e. thicknesses of thermal 

switch, magnetocaloric material, heat sink, and heat source. To 

achieve the maximum temperature span, the optimal 

combination of thicknesses must be found [34]. To do that, we 

upgraded the model with genetic algorithm.  

The coefficient of performance (COP) of such 

magnetocaloric device can be defined as the ratio between the 

cooling power and the total input power to the device (energy 

input to the magnetic field source). As our simulations were 

performed at zero cooling power, COP is zero for our case.  

OPTIMIZATION USING GENETIC ALGORITHMS 
We used brute-force method (systematic parametric 

analysis) to find the optimum thicknesses in the paper [34]. The 

results show that the bigger the thickness of thermal switch, 

 
Figure 2 Temperature evolution of heat sink, heat source, and 

of magnetocaloric material. Reproduced with permission from 

[34]. 

  

the smaller the temperature span, because of the increased 

thermal mass. If the thermal switch is too thin, temperature 

fluctuations occur at the heat sink and heat source: the heat 

source temperature can exceed ambient temperature at some 

point, and the heat sink temperature can fall below the ambient 

temperature at some point, which limits the cooling effect. The 

thickness of the magnetocaloric material is related to the 
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thickness of the thermal switch, but in all situations, it applies 

that the temperature span increases with the thickness of the 

magnetocaloric material only to a certain value of the thickness. 

The thickness of heat sink/source was fixed to 0.2 mm. 

Because a maximum temperature span exists, one of the 

optimization processes can be used. We implemented genetic 

algorithm, which is very common and convenient for such 

problems [36]. This optimization process deals with population, 

i.e. a group of individuals, which represent different 

parameters. The optimization process starts with an initial 

population: a set of parameters and solutions. The individuals 

in the population (in our case, thicknesses of components) are 

characterized based on the fitness function (in our case 

temperature span), where the goal can be to find a maximum or 

a minimum. The best individuals according to the fitness 

function are chosen for the next generation. The next 

generation of individuals can be built by different procedures, 

but it should consist of crossover and mutation of genes 

(parameters, in our case thicknesses of magnetocaloric material 

and thermal switches), just like in the natural evolution process. 

The idea of genetic algorithm is that only the best individuals 

“survive” and at the end the individuals should reach global 

maximum or minimum of the fitness value. For the genetic 

algorithm method to be valid, a huge number of solutions is 

needed. This can take up much computational time and space. 

We wanted to test the optimization method for a moderate 

number of simulations, because the evaluation of a 

magnetocaloric device can last from several hours to a few 

days. Therefore, we limited the number of parameters to two: 

the thickness of the magnetocaloric material and the thickness 

of the thermal switch (both thermal switches in the model had 

the same thickness). The thicknesses were varied between 0.01 

and 1.2 mm, because we expected the optimal values to lie in 

this range. For the simulations, the same operating parameters 

as in the paper [34] were used.  

OPTIMIZATION PROCESSES 
First, we prepared the initial population of 50 individuals: 

the calculated temperature span (fitness function) for 50 

different combinations of thermal switch and magnetocaloric 

material thicknesses (genes) in the range from 0.01 mm to 1.2 

mm. Then, we sorted the individuals by the temperature span in 

descending order and kept the 20 individuals with the highest 

temperature span. These were used to build the new population. 

The process was then repeated N-times. The flowchart of the 

optimization process is presented in Figure 3. 

We tested three different ways of building new 

populations. These are divided into three nonrelated cases:  

- case 1: crossover and mutation performed only for the 1st 

gene (magnetocaloric material thickness), no change to the 2nd 

gene (thermal switch thickness); 

- case 2: crossover and mutation for the 2nd gene (thermal 

switch thickness), no change to the 1st gene (magnetocaloric 

material thickness); 

- case 3: mutation on both genes (thermal switch and 

magnetocaloric material thicknesses). 

 

 
 

Figure 3 Flowchart of opimization process based on genetic 

algorithm. 

Optimization was carried out in the three mentioned 

unrelated ways and the final three results were compared to 

each other. The crossover was performed between two 

successive individuals, where the considered gene of nth 

individual was transferred to the gene of (n+1)th individual. The 

mutation caused a random change of the individual thickness, 

but staying in the limited range between 0.01 and 1.2 mm.  

For each new population, we performed numerical 

simulations using our numerical model. In each step, new 

population was built from the best individuals.  

We also set up the limit for the temperature fluctuations at 

0.1 K. The individuals having solutions fluctuating by more 

than 0.1 K were removed from the process.  

 

RESULTS 
The three unrelated crossover and mutation processes 

returned different final results. Optimization process for case 1 

and case 2 finished sooner, because of the limited number of 

thicknesses, which are related to the initial population. For 

example, in case 1, there was no mutation of the thickness of 

thermal switch, so thicknesses were the same as in the initial 

population. The same applies to case 2, where thicknesses of 

magnetocaloric material did not mutate. These two cases only 

resulted in local maximum. In case 3, where both thicknesses 

were subjected to mutation, the optimization process took 

longer, because new thicknesses of magnetocaloric material and 

thermal switch formed in each new generation. The 

optimization for case 3 took 8 cycles (160 simulations).  

Figure 4 shows surface plots for all three cases. In case 1, a 

maximum temperature span of 1.138 K was achieved for the 

thicknesses of 0.20 and 0.80 mm of the thermal switch and the 
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magnetocaloric material, respectively. In case 2, a maximum 

temperature span of 1.149 K for the 0.15 and 0.80 mm 

thicknesses was achieved, while the case 3 gave the best result 

of 1.154 K temperature span with the thicknesses of 0.15 mm 

and 0.49 mm of the thermal switch and the magnetocaloric 

material, respectively. All figures have the same color scale. 

 

 
 

 
 

 
 

Figure 4 Surface plots of results for cases 1, 2 and 3. 

 

CONCLUSIONS 
We upgraded our numerical model for evaluation of static 

thermal switches in magnetocaloric device with genetic 

algorithm-based optimization process. We varied the 

thicknesses of the components to find the maximum 

temperature span. We applied three different ways of crossover 

and mutation processes on the same initial population to see the 

difference in results. The two cases 1 and 2, where either the 

thickness of the magnetocaloric material or the thermal switch 

was genetically modified, returned the local maximum – the 

optimum results for the available thicknesses defined with the 

initial population. The case 3, where both thicknesses were 

mutated, returned a global maximum. The optimum thicknesses 

were not a part of the initial population, but were built during 

the evolution. 

The optimization based on genetic algorithm is partially 

appropriate for the task described here, however, the following 

must be taken into account: 

- the initial population must be representative and must not 

limit the solution, 

- the mutation in this case is more important than the 

crossover process, 

- the global maximum can be found only by numerous 

simulations. 

The biggest drawback of our genetic algorithm procedure 

is a long computational time for the fitness function that has to 

be performed before every buildup of a new population 

(because simulations for each population are performed 

successively). In such case and if the optimization process has 

only a few parameters, one can get good results with systematic 

parametric analysis quicker and with less computer power. 
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ABSTRACT
Although high - intensity focused ultrasound ( HIFU ) has

been widely adopted on cancer ablation treatments today, the ef-
ficiency still requires improvement due to the single - sonica-
tion operation. The objective of the current study is to propose
more efficient ablation methods along prearranged spiral path-
ways. Several sets of parameters, including input power, path-
way, speed etc, were firstly estimated by theoretical simulations
and then tested by ex vivo experiments. Nonlinear Westervelt
equation with relaxation effects taken into account had been used
for the modeling of highly nonlinear acoustic field under high
power ablation. Nonlinear acoustic equation had been coupled
with the bioheat equation for the prediction of temperature el-
evation and necrosed volume, which has been solved in parallel
using GPU. We used our own code written in the C++ and CUDA
C languages. With preliminary planning, the treatment could be
optimized and safety ensured in advance. Other than achieving
a high ablation rate, the lesion uniformity is also a crucial factor,
since incomplete ablation can lead to tumor regeneration. The
necrosed porcine tissue was monitored by magnetic resonance
imaging ( MRI ) to observe the lesion size . Three - dimensional
lesion models were created by computer - aided design software
and MRI analysis tools to understand the general rough shape of
lesions. An ablation rate up to 7 cm3/min with satisfying unifor-
mity was achieved under continuous power input, while around
4 cm3/min under pulsed one. If the presented results are further
verified by in vivo and clinical experiments, the operation time
could be shortened by 10 to 40 times compared to the preclinical
trials currently performed in health facilities.

INTRODUCTION
High intensity focused ultrasound (HIFU) is a rapidly devel-

oping technology that can be applied for the treatment of cancer
in different organs and many other applications [1,2]. It is a fully
non-invasive treatment. With the ultrasound beam being focused,
thermal energy can be added primarily to a small region of tis-
sues with little or no deposition at all on the surrounding tissues.

When tissue temperature is higher than 56 ◦C just for one second,
thermal coagulation necrosis occurs.

The tumor ablation surgeries usually are adopted in the se-
quential discrete mode, i.e., the target is ablated point-by-point
discontinuously. Usually the whole treatment takes very long
time (several hours) and may require repeated treatment due to
the incomplete destruction of the tumor. Several optimization
methods have been investigated either theoretically [3] or ex-
perimentally [4–6]. Since it is necessary to ablate the whole
tumor volume to avoid regeneration, uniformity of the ablated
area plays very important role. Therefore, Fan et al. [4] sug-
gested few optimization methods with relatively long treatment
time. Y. Zhou et al. [5] concluded that spiral scanning produced
more uniform lesion but smaller volume than the conventional
raster scanning. Most of the authors used either experimental or
numerical approach to optimize the treatment, in this paper we
tried to combine both numerical and theoretical methods. The
current optimization and treatment planing techniques are based
on the linear theory. However, at high ultrasound powers, non-
linear propagation effects lead to the distortion of the waveform.
Higher harmonics are generated due to the nonlinear distortion,
which are more readily absorbed by the tissue and therefore en-
hance the local heating, which can be used to reduce the treat-
ment time. Therefore, in the current work nonlinear Westervelt
equation [8,9] will be used for the modeling of wave propagation
and it will be shown that it can help to reduce the treatment time.

Recently, we developed the mathematical model that can be
used for the prediction of temperature elevation and the ablated
volume during focused ultrasound ablation in a patient specific
geometry [8]. The model consists of nonlinear Westervelt equa-
tion coupled with the bioheat equations in tissues and blood ves-
sel domain. The model will be used for initial parameter esti-
mation to ensure the safety and enhance efficiency concurrently,
while surgery prearrangement could be based on it as well.

In the current study, the aim is to develop the optimized treat-
ment planning strategy, which can be used to destroy a larger
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target volume within an acceptable time period, with the sup-
port of ex vivo experiments and simulations. It will be shown
that with appropriate planning the treatment time can be reduced
from several hours to several minutes. The results can be fur-
ther attributed to the development of treatment planning strate-
gies during thermal therapies in different organs [8].

EXPERIMENTAL METHODS
Experiment Setup

The HIFU transducer used in the experiment was the model
H-301MR produced by Sonic Concepts, Inc., with a frequency
of 1.253 MHz, an aperture diameter of 151 mm, a focal dis-
tance of 150 mm and the highest efficiency of 89%. The power
was supplied by a power amplifier (1140LA; Electronics and In-
novation, LTD) along with a waveform generator (4075B; BK
Precision). A passive cavitation detector (PCD) (Y-107; Sonic
Concepts, Inc.) was installed in the center of the HIFU trans-
ducer, connected to an oscilloscope (TBS1052B; Tektronix) to
receive the reflected acoustic signals. While conducting the ex-
periment, the target was placed on a platform controlled by a
three-dimensional closed-loop motor controller (Tanlian E-O Co.
LTD), which allowed precise positioning and continuous move-
ment for HIFU ablation. The ablation process took place in a
pure water tank to ensure the formation of the focal region. The
experiment instrument setup is shown in Fig. 1.

After the porcine muscle was ablated using HIFU, the lesions
were monitored by a 3T magnetic resonance imaging (MRI)
scanner (Phillips) in Taiwan Instrument Research Institute (TIRI)
with the following parameters: TR = 5000 ms, TE = 70 ms, data
matrix 300 × 300, field of view (FOV) = 150 mm × 150 mm,
slice thickness = 0.5 mm. Then the image processing software,
3DimViewer and ImageJ, were used to pile up the 2D pictures
into 3D models, and the lesion dimensions along the HIFU abla-
tion direction were also obtained.

Figure 1. Schematic of the experiment instrument setup

Scanning pathways
In the project, two types of successive scanning pathways

were tested, square spiral and Archimedean spiral. A self-
developed software was utilized to adjust the grid spacing be-
tween the spiral from 3, 4 to 5 mm, and the sizes were regulated
to be 3 cm 3 cm for square spiral and a diameter of 3 cm for
Archimedean spiral under pulsed power input and 2 cm under
continuous one. Therefore, when the grid spacing is smaller, it
would take more loops to achieve the target size.

(a) (b)

Figure 2. Schematics of the scanning pathways along (a)
square spiral of grid spacing 5 mm and (b) Archimedean spiral
of grid spacing 5 mm

Ex vivo Studies
The ex vivo study sample was a piece of pork loin bought on

the day of experiment from a local butcher shop. During HIFU
ablation, observation within the water tank and the oscilloscope
signals were made. And the porcine muscle was immediately
transported to a -80 freezer after the experiment was finished.
After freezing for approximately 4 hours, the porcine muscle was
cut into 1 mm thick slices by a meat slicing machine for three-
dimensional lesion modelling.

MATHEMATICAL METHODS
Nonlinear Acoustic and Bioheat Equations

The acoustic field generated by the HIFU transducer was stim-
ulated by the nonlinear Westervelt equation [9] [10] [11]

52 p− 1
c2

0

∂2 p
∂t2 +

δ

c4
0

∂3 p
∂t3 +

β

ρ0c4
0

∂2 p
∂t2 +∑

ν

Pν = 0,(
1+ τν

∂

∂t

)
Pν =

2
c3

0
cντν

∂3 p
∂t3 .

(1)

where p stands for the sound pressure, δ is the diffusivity of
sound resulting from fluid viscosity and heat conduction, cv rep-
resents the small signal sound speed increment for the νth relax-
ation process, τy is the relaxation time, and β is the coefficient
of nonlinearity, which equals to 1+ B

2A . For the linear Westervelt

equation, the intensity is IL = p2

2ρc0
, while the total intensity for

nonlinear case equals to I = ∑
∞
n=1 In, where In are the intensities

corresponding to the respective harmonics n f0. The ultrasound
power deposition per unit volume is calculated using the below
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equation:

q = ∑
n=1

2α(n f0) In. (2)

The absorption in tissue indicated above follows the frequency
law below:

α = α0

(
f
f0

)n

, (3)

where α0 = 4.5 Np/m, η =1.0, and f0 = 1 MHz [15].
To predict the temperature elevation T during focused ultra-

sound ablation, Pennes bioheat equation will be used:

ρt ct
∂T
∂t

= kt∇
2T +q (4)

In the above energy equation, ρ, c, k denote the density, specific
heat, and thermal conductivity.

RESULTS AND DISCUSSION
Parameter Selection for Continuous and Pulsed Mode

In the project, two types of sinusoidal power input manners
were implemented, continuous and pulsed. To determine the
power magnitude, we referred to relevant literature and the cur-
rent HIFU treatment setup. First, 60 W single ultrasound son-
ication with an ablation time around 20 seconds has been used
for fixed point ablation in our laboratory, and necrosed areas
(lesions) were formed (see Fig. 3). These acoustic powers are
usually used in clinical trials. By adding cooling time in be-
tween every sonication, the operation duration becomes exces-
sively lengthy. Therefore, higher power was required for a mov-
ing HIFU source.

To ensure safety and proper functioning during ablation, first,
the acoustic pressure was measured under low power, when non-
linear effects are not important. In Fig. 4, the computed linear
pressure profiles were plotted with the measured ones within the
lesion volume, while the solid line and hollow circles represent
the simulated and experimental results, respectively. Both were
normalized by the focal pressure for comparison.The experimen-
tal data were obtained using needle hydrophone. For radial di-
rection, fine agreement is observed between the computed and
measured results, even 4 mm from the focal point. As for the
axial direction, the computed data fit well in the middle peak,
but small disagreement is seen approximately 10 mm from the
center, which might be due to measurement errors. When higher
power was used, nonlinear effects became important and thus
the linear and nonlinear pressure data under 100 W and 150 W
power input was compared theoretically. It can be seen, that with
the increase of power the difference between linear and nonlinear
theory become bigger, which leads to the enhancement of power
deposition and increase of temperature in the focal area. The val-
idation of numerical model has been performed in our previous

paper by comparing our predicted results with the experimental
and theoretical results of other authors [9].
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Figure 3. The predicted (line) and measured (squares) temper-
ature profiles at different time steps along acoustic axis at 60 W.
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Figure 5. The predicted linear and nonlinear pressure ampli-
tudes along the acoustic axis under the power of (a) 100 W and
(b) 150 W, with the increase of power nonlinear effects becoming
important.

For continuous mode, the electric power of 100 W was used
based on the above. As for pulsed one, several parameters were
tested for optimal performances, including electric power, duty
cycle and pulse repetition rate (PRF). 130 W, 150 W and 200 W
were examined, while 130 W induced no lesion, and the acous-
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tic wave of 200 W produced bubbles along the HIFU ablation
pathway, which might cause harm to the transducer. Therefore,
150 W was the most suitable power. And duty cycle of 30%
and 50% were used, in which only 50% duty cycle would form
lesions. The reason 30% duty cycle would not generate lesions
might result from the insufficient heating followed by the longer
cooling time. Sinusoids with PRF of 2 Hz, 5 Hz and 10 Hz were
tried, and the smaller frequencies introduced some swinging mo-
tion along the ablation route, suggesting the period was too long.
Therefore, PRF of 10 Hz was selected.

Finally, the sinusoid with power of 100 W was chosen for
continuous mode, and the one with power of 150 W, duty cycle
of 50% and PRF of 10 Hz was adopted for pulsed mode.

Several factors were considered to determine the most suit-
able parameter sets for HIFU ablation, including lesion volume,
uniformity, and ablation rate. And two variables were altered in
the project apart from the power input and spiral shape, ablation
speed and grid spacing between spirals. The adjustment of one
variable would affect the selection of the other one. For exam-
ple, spirals with larger grid spacing need a longer time for tem-
perature rise, and thus slower ablation speed is more appropriate.
Oppositely, faster speeds can be adopted on smaller-spacing spi-
rals.

It is obvious that the increase of speed and grid spacing will
lead to the increase in ablation rate, but the uniformity of the
lesions will be sacrificed. Therefore, all the conditions were con-
sidered to select the optimal parameter sets.

HIFU-induced Lesion Formation in ex vivo Tissue Sample
The comparisons between different lesion uniformity were

done by image processing using MATLAB. The images of the
ablated porcine muscle slices were altered into inverted binary
images, while the white areas were obtained under the sensitivity
of 0.45. The uniformity were calculated by dividing the sensed
areas by the total ones. For classification, the values above 80%,
80 to 60%, and below 60% were considered “good”, “fair”, and
“poor”, respectively.

Through the ablation process, the water temperature was mea-
sured to be constantly around 22.7 ◦C. The initial temperature of
the pork was 23.6 ◦C, and 72.9 ◦C in the lesion right after abla-
tion, hence the temperature difference was 49.3 ◦C.

Continuous mode
According to Table 1 (a) and (b), the HIFU ablation gave the

highest rate at speed of 2 mm/s and grid spacing of 5 mm for both
square and Archimedean spiral. However, lower quality of lesion
uniformity was observed for square spiral. To conclude, the most
suitable parameter sets for continuous mode are the speed of 1.5
mm/s with grid spacing of 5 mm for square spiral. And the speed
of 2 mm/s with grid spacing of 5 mm provides the most desirable
lesion for Archimedean spiral.

In Archimedean spiral ablation under continuous mode, the
lesions formed at the speed of 2 mm/s with grid spacing of 5 mm
and the speed of 2 mm/s with grid spacing of 3 mm exceeded the
planned area size due to thermal diffusion. In cancer treatments,

it is designed to ablate a larger volume than the actual tumor
in case of incomplete ablation, which might lead to recurrence
or even metastasis. Therefore, the parameter set of the speed
of 2 mm/s with grid spacing of 5 mm is further proved to be
preferable in this case.

Pulsed mode
Based on Table 1 (c) and (d) below, the ablation process gave

the highest rate at speed of 1 mm/s and grid spacing of 3 mm and
speed of 1.5 mm/s and grid spacing of 3 mm for square spiral,
and speed of 1 mm/s and grid spacing of 3 mm for Archimedean
spiral. Between the two parameter sets, lesions at speed of 1
mm/s and grid spacing of 3 mm provided better uniformity for
square spirals. Moreover, excessive ablation observed in contin-
uous ablation for Archimedean spiral was also more evident at
the speed of 1 mm/s and grid spacing of 3 mm. Therefore, con-
sidering ablation rate, uniformity and thermal diffusion, the most
suitable parameter set for pulsed mode is the speed of 1 mm/s
with grid spacing of 3 mm for both square and Archimedean spi-
rals.

According to the above experiments, the quality of lesion uni-
formity in square and Archimedean spiral under the same input
signal mode were alike, which means the pathways selected will
not affect the ablation results apart from the rate.

HIFU-induced Lesion under MRI Scanner
A 3T MRI scanner was utilized to obtain more detailed images

of the lesions. The ablating pathways, square and Archimedean
spirals, accorded well with the lesions on the sliced porcine mus-
cles. In Fig. 6, the axial view of the porcine muscle was gener-
ated by MRI scanner, and the darker area represented the lesion
(pulsed mode, power input at speed of 1 mm/s and grid spacing
of 3 mm following Archimedean spiral trajectory). The white
circle was determined based on the MRI image, while the red
circle was estimated and plotted referring to the visual observa-
tion of porcine muscle slices. It is clearly seen that the diameters
of the red circle were larger because of the limitations in the spa-
tial resolution of MRI images.

Based on the MRI and porcine slices data, computer-aided de-
sign (CAD) models of the ablated lesions were built to provide a
clearer perspective of the shape and volume using Solid Edge. In
Fig. 7, a lesion induced at speed of 1 mm/s and grid spacing of 4
mm under square spiral scanning for pulsed mode is displayed in
(a) and (b). The automatically calculated volume is 8.335 cm3,
which indicates the error of the estimated volume listed in Table
1 to be 4.96%. While the lesion under Archimedean spiral scan-
ning, displayed in (c) and (d), has a calculated volume of 21.938
cm3, and 6 the estimated volume has an error of 14.6%, upon
which we assume the volumes in Table 1 possess acceptable ac-
curacy.

Further, the reflected acoustic signal could be observed using
PCD. Cavitation signals are one of the most interested aspects,
since the effect induces unpredictability in the ablation process.
Thus, it is preferred to be prevented. Based on Fig. 8, the voltage
amplitude was quite stable, and cavitation occurred rarely. For
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Table 1. Data acquired during different ablation operations
(a) Square Spiral Ablation under Continuous Mode

Speed Grid spacing Time Lesion cross section Lesion length Lesion volume Ablation rate Lesion uniformity
(mm/s) (mm) (cm × cm) (cm) (cm3) (cm3/min) (%)

1.5 5 2:48 3.0 × 3.0 1.9 17.100 6.107 60.87 (Fair)
2 5 2:08 3.5 × 3.5 1.4 17.150 8.039 3.20 (Poor)
2 3 3:11 2.6 × 2.6 1.8 12.168 3.822 62.60 (Fair)
3 3 0:53 2.3 × 2.3 1.2 6.348 7.186 7.56 (Poor)

(b) Archimedean Spiral Ablation under Continuous Mode

Speed Grid spacing Time Lesion cross section Lesion length Lesion volume Ablation rate Lesion uniformity
(mm/s) (mm) (cm × cm) (cm) (cm3) (cm3/min) (%)

1.5 5 3:29 2.1 2.4 8.31265 2.386 85.46 (Good)
2 5 3:21 3.2 2.5 20.1062 6.002 91.24 (Good)
2 3 4:15 3.4 2.4 21.7901 5.127 93.24 (Good)
3 3 3:39 2.6 1.5 7.9639 2.182 84.67 (Good)

(c) Square Spiral Ablation under Pulsed Mode

Speed Grid spacing Time Lesion cross section Lesion length Lesion volume Ablation rate Lesion uniformity
(mm/s) (mm) (cm × cm) (cm) (cm3) (cm3/min) (%)

1 3 2:31 2.5 × 2.5 1.7 10.625 4.222 78.14 (Fair)
1 4 3:21 2.7 × 2.7 1.2 8.748 2.611 19.67 (Poor)
1 5 4:09 3.4 × 3.4 1.4 16.184 3.900 0.34 (Poor)

1.5 3 1:42 2.4 × 2.4 1.7 9.792 5.76 1.88 (Poor)

(d) Archimedean Spiral Ablation under Pulsed Mode

Speed Grid spacing Time Lesion cross section Lesion length Lesion volume Ablation rate Lesion uniformity
(mm/s) (mm) (cm × cm) (cm) (cm3) (cm3/min) (%)

1 3 10:31 4.4 2.5 38.0133 3.615 86.35 (Good)
1 4 8:57 4.0 2.0 25.1327 2.808 92.17 (Good)
1 5 6:52 3.4 2.1 16.34256 2.380 60.95 (Fair)

1.5 3 8:34 4.0 1.9 23.8761 2.787 92.01 (Good)

Figure 6. Lesion size comparison between MRI (white) and
visual (red) images along the focal axis

signals observed under pulsed mode, the occurrence of cavitation
was higher for Archimedean spirals than the square ones. The
observation was further confirmed with the CAD models. In Fig.

(a) Top view (b) Side view

(c) Top view (d) Side view

Figure 7. CAD models of HIFU-induced lesion under (a)(b)
square spiral scanning and (c)(d) Archimedean spiral scanning
with HIFU ablating from the top of the side views

7 (b), thermal diffusion was indicated in both ends of the lesion in
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the side view, while only the edge away from HIFU of the lesion
was observed with diffusion in (d), which might be resulted from
cavitation (Fig. 8) [16, 17]. PCD data for continuous mode were
also obtained but indicated no relationship between the scanning
mode or other factors, which might be due to the lower power
input. Still, the cavitation was little enough to be neglected.
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Figure 8. The PCD signal of pulsed mode following square
spiral scanning. The maximum voltage was around 0.27 V.

CONCLUSION
The aim of the project is to ablate a large tissue volume by

HIFU within an acceptable period. Instead of the discrete point
ablation widely used in clinical experiments and surgeries, suc-
cessive ablation was adopted for the project to minimize the op-
eration time. Two types of spiral scanning mode, square and
Archimedean spiral, were applied, while the input sinusoids to
the HIFU transducer also possessed two types, continuous and
pulsed. Ex vivo studies using porcine loin muscle were inves-
tigated. By altering variables including ablation speed and grid
spacing between spirals, the lesion volume, uniformity, and ab-
lation rate were examined to determine and optimize the param-
eters. Furthermore, simulations of the ablation pressure and tem-
perature were carried out to confirm the suggested solutions were
safe and controllable.

For continuous power input, the most suitable parameter sets
are the speed of 1.5 mm/s with grid spacing of 5 mm for square
spiral, while the speed of 2 mm/s with grid spacing of 5 mm is
more preferable for Archimedean spiral. On the other hand, the
better parameter set for pulsed mode is the speed of 1 mm/s with
grid spacing of 3 mm for both square and Archimedean spirals.

Based on the experiment results, the ablation rate can be raised
up to 3 to 6 cm3 per minute. If the results are further proved by in
vivo studies, clinical experiments could be further implemented.
The solutions of this project suggest that the ablation time for
tumors of 14 cm3 size (sphere with a diameter 3 cm) might only
take around 3 to 5 minutes with proper arrangements, which is
much faster than the operation time, 1 to 2 hours, at the present
stage.

REFERENCES
[1] Solovchuk M. A., Thiriet M., and Sheu T. W. H., Computational

study of acoustic streaming and heating during acoustic hemosta-
sis, Applied Thermal Engineering, vol. 124, pp. 1112-1122, 2017.

[2] Solovchuk M. A., Sheu T. W. H., Thiriet M., and Lin W. L., On
a computational study for investigating acoustic streaming and
heating during focused ultrasound ablation of liver tumor, Applied
Thermal Engineering, vol. 56, no. 1-2, pp. 62-76, 2013.

[3] Gupta P., and Srivastava A., Numerical study on the possible scan-
ning pathways to optimize thermal impacts during multiple soni-
cation of HIFU, IEEE Trans Biomed Eng., 2020.

[4] Fan T., Liu Z., Zhang D., and Tang M., Comparative study of
lesions created by high-intensity focused ultrasound using se-
quential discrete and continuous scanning strategies, IEEE Trans
Biomed Eng., vol. 60, no. 3, pp. 763-9, Mar. 2013.

[5] Zhou Y.,Kargl S. G., and Hwang J. H., The effect of the scanning
pathway in high-intensity focused ultrasound therapy on lesion
production, Ultrasound Med. Biol., vol. 37, no. 9, pp. 1457-1468,
Sep. 2011.

[6] Zhou Y., Generation of uniform lesions in high intensity focused
ultrasound ablation, Ultrasonics, vol. 53, no. 2, pp. 495-505,
2013.

[7] Qian K., Li C., Ni Z., Tu J., Guo X., and Zhang D., Uniform tis-
sue lesion formation induced by high-intensity focused ultrasound
along a spiral pathway, Ultrasonics, vol. 77, 38-46, May 2017.

[8] Solovchuk M. A., Sheu T. W. H., and Thiriet M., Multiphysics
Modeling of Liver Tumor Ablation by High Intensity Focused Ul-
trasound, Communication in Computational Physics, vol. 18, no.
4, 1050-1071, 2015.

[9] Solovchuk M. A., Sheu T. W. H., and Thiriet M., Simulation
of nonlinear Westervelt equation for the investigation of acoustic
streaming and nonlinear propagation effects, J. Acoust. Soc. Am.,
vol. 134, no. 5, pp. 3931–3942, Dec. 2013.

[10] Hamilton M. F., and Morfey C. L., Model equations, in Nonlinear
acoustics, San Diego, CA : Academic Press, 1998.

[11] Jing Y., and Cleveland R.O.,Modeling the propagation of nonlin-
ear three-dimensional acoustics beams in inhomogeneous media,
J. Acoust. Soc. Am., vol. 122, no. 3, pp. 1352, Sep. 2007.

[12] Duck F. A., Physical Property of Tissues, Academic Press, 1990.
[13] Pennes H. H., Analysis of tissue and arterial blood temperature in

the resting human forearm, J. Appl. Phys., vol. 1, no. 2, 93-122,
1948.

[14] Solovchuk M. A., Hwang S. C., Chang H., Thiriet M., and Sheu
T.W.H., Temperature elevation by HIFU in ex vivo porcine mus-
cle: MRI measurement and simulation study, Med Phys., vol. 41,
no. 5, May 2014.

[15] Duck F.A., Physical Property of Tissues, Academic Press, 1990.
[16] Zilonova E. M., Solovchuk M., Sheu, T. W. H., Simulation of cav-

itation enhanced temperature elevation in a soft tissue during high-
intensity focused ultrasound thermal therapy. Ultrasonics Sono-
chemistry., vol. 53, pp. 11-24, 2019.

[17] Zilonova E. M., Solovchuk M., Sheu, T. W. H., Bubble dynamics
in viscoelastic soft tissue in high-intensity focal ultrasound ther-
mal therapy. Ultrasonics Sonochemistry., vol. 40, pp. 900-911,
2018.

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 868 of 1061



PERFORMANCE ANALYSIS AND NUMERICAL OPTIMIZATION OF 
THE ANNUAL COST OF A TUBE-FIN CROSS-FLOW CONDENSING 
HEAT EXCHANGER USING A PRACTICAL APPROACH 

A. M. BASSILY
ALEXANDRIA HIGHER INSTITUTE OF ENGINEERING AND TECHNOLOGY ALEXANDRIA, EGYPT

E-MAIL: ambassily@hotmail.com

ABSTRACT 
The local gas side heat transfer coefficient (hg) of condensing 
steam in the exhaust gas-steam mixture varies significantly 
along the length of the condensing heat exchanger (CHE) 
mainly due to the variation in the vapor content of the exhaust 
gas so that an accurate determination of hg along with 
optimization could considerably reduce the cost of the CHE. In 
this paper, a practical approach is used to formulate an 
optimization problem of the annual cost of the CHE, which is 
optimized for 8 different tube-fin surfaces of known 
experimental data and different tube diameter, central distances, 
ratios of total heat transfer area to total volume, -- using a 
genetic algorithm and the direct search method. Such an 
approach takes into consideration the manufacture practical 
constraints imposed by the performance curves of fans and 
maximum delivered flow rate and pressure rise and the 
variations of fan efficiency with flow rate, fan cost with 
consumed power, electricity price over the CHE life time. The 
optimization results indicated that the optima were found on the 
boundary of the lowest fan power, pressure drop for gas flow 
and the highest number of transfer units, flow rate of air flow 
that fans can deliver; thus, lowering the annual cost of up to 
30% when compared with running a greater number of air fans 
at the design point of the highest fan efficiency.  
Nomenclature 
A area [m2] 
AFCR annual fixed charge rate [%] 
C heat capacity  [kW/K] 
C cost  [$] 
cp specific heat at constant pressure [kJ/kg] 
CI capital investment  [$] 
d diameter  [m] 
e escalation or inflation rate [%] 
Eprice price of electricity  [$/kWh] 
f coefficient of friction 
G mass velocity  [kg/s m2] 
h specific enthalpy  [kJ/kg] 
h heat transfer coefficient  [W/m2 K] 
i interest rate [%] 
j Colburn's j factor 
Ja(x) the local Jakob number 
L length  [m] 
�̇�𝑚 mass flow rate  [kg/s] 

n number of years 
N number 
NTU number of transfer units 
Nu(x) the local Nusselt number 
P power  [kW or hp] 

Pr the Prandtl number 
δp pressure drop  [kPa] 
q heat transfer rate  [kW] 
Q volume flow rate  [m3/s] 
Re(x) the local Reynolds number 
T temperature  [°C] or [K] 
TAcost total annual cost  [$] or [$/kg/s] 
S central distance  [m] 
U overall heat transfer coefficient  [W/m2 K] 
v velocity  [m/s] 
V volume  [m3] 
vo specific volume  [m3/kg] 
W(x) local mass fraction  
X1 CHE dimension  [m] 
X2 CHE dimension in the direction 

of the air flow  
[m] 

Greek Letters 
α ratio of total area of one side of 

exchanger volume to total exchanger 
volume 

β ratio of fin area to total area 
ε effectiveness 
ε surface roughness  [m] 
η efficiency 
μ dynamic viscosity  [N s/m2] 
ρ density  [kg/m3] 
σ ratio of the minimum free-flow area of 

the finned passage to the frontal area 

Subscripts 
a air 
a-surj surface j for air 
act-CHE actual for the CHE 
a-CHE-O at the outlet of the CHE for air 
CHE condensing heat exchanger 
cond condensed 
e electricity 
exg-dew the dew point for exhaust gas 
exg-CHE exhaust gas for the CHE 
exg-CHE-i at the inlet of the CHE for exhaust gas 
exg-CHE-o at the outlet of the CHE for exhaust gas 
fanx maximum for fan 
fr frontal  
g gas 
g-av average for gas 
g-b bulk gas mixture 
gi inside for gas 
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go outside for gas 
h hydraulic 
i-a inlet for air 
ini initial 
max maximum 
max-CHE maximum for the CHE 
m-a mean for air 
min minimum 
o ambient 
o-a outlet for air 
o-fin overall for fins 
r ratio 
sur j surface number j 
tot total 
tube-Sur j tube for Surface j 
Sub-subscripts 
av average 
sur j surface j 
 
INTRODUCTION 
The condensation of the water-vapor content of the exhaust gas 
is a necessary process for the application of exhaust gas 
recirculation (EGR) and CO2 capture [1]. The local heat 
transfer coefficient of the condensing steam in the presence of a 
non-condensable gas varies along the entire length of the CHE 
not only because of the development of both the velocity and 
thermal boundary layers, but mainly because of the variations 
of the concentration of steam in the non-condensable gas, 
temperature difference between the gas and inside wall and 
condensate film thickness; therefore, designing a CHE that 
takes into consideration such variations is expected to 
significantly reduces the dimensions of the CHE and hence its 
cost. Optimizing the cost of a CHE will further reduce its cost 
and hence the cost of the application of EGR and CO2 capture. 
All optimization methods implement search methods that 
evaluate the objective function and determine the CHE 
dimensions numerous times; therefore, such models or 
correlations cannot be used for optimization. De Paepe and 
Dick [2] performed technological and economic analysis of 
three water recovery systems and found that for dry regions, the 
most economical water recovery system is a cross-flow air 
cooled CHE, such a system is selected for analysis and 
optimization. Optimization of a compact cross-flow heat 
exchanger (CFHE) has been the subject of many investigations. 
Najafi et al. [3] optimized the thermal performance and annual 
cost of a plate and fin cross-flow heat exchanger using a genetic 
algorithm. Ahmadi et al. [4] minimized the cost and entropy 
generation of a cross-flow plate-fin heat exchanger 
simultaneously using a multi-objective genetic algorithm. Raja 
et al. [5] optimized the weight and annual cost of a finned-tube 
heat exchanger using heat transfer search and compared the 
results with the genetic algorithm. Sanaye and Hayabdollahi [6] 
performed thermal-economic multi-objective optimization and 
performance analysis of a cross-flow plate-fin heat exchanger 
using a genetic algorithm. Yousefi et al. minimized the total 
annual cost [7], the annual cost, weight and entropy generation 
[8] of a cross-flow plate-fin compact heat exchanger using a 
learning automata-based particle swarm evolutionary approach. 

Xie et al. [9] minimized the total volume and annual cost of a 
plate-fin compact heat exchanger using a genetic algorithm. All 
of the above researchers [3-9] used one fan, set a single value 
for fan efficiency that does not vary with the flow rate and 
didn’t include the fan cost in the cost objective function. For a 
CFHE, as the flow rate increases the pressure drop significantly 
increases (𝛿𝛿𝛿𝛿 ∝  𝑣𝑣2). The performance curves of fans exhibit a 
different behavior of decreasing the pressure rise as the flow 
rate increases so that the same single fan cannot deliver the 
required increased flow rate at the expected greater pressure 
drop using a constant-speed motor and a bigger fan with much 
greater horse power and cost or multiple fans are needed, which 
is ignored by all cost objective functions [3-9]. The combined 
effect of the above-practices is a huge error in the value of the 
cost objective function, which makes the obtained results of 
less practical values.  Orozaliev et al. [10] formulated a cost 
objective function that includes the costs of a fan, a pump and a 
piping system of a water heater heat exchanger and optimized 
the annual cost of the heater using a genetic algorithm. In order 
for an objective function to represent the actual cost, the fans 
and pump have to be operated according to the manufactures 
characteristic curves with varying the pressure rises and 
efficiency with the flow rate.  
Literature review has shown that the annual cost of the CHE 
has not been optimized. The cost of fans has not been taken into 
consideration when optimizing the annual cost of the CHE by 
most published research. Our calculations showed that for a 
CHE, such a cost could exceed the surface area cost; therefore, 
cannot be ignored. All used cost objective functions don't set 
practical constraints on the operating characteristics of fans and 
set a single value for fan efficiency based on the static pressure 
rise [3-9], but manufacture data shows that fan efficiency based 
on the static pressure rise varies significantly with the delivered 
flow rate and can drop to 50% of the design point value at the 
maximum flow rate [11]. Most objective function uses a single 
value for the current price of electricity to determine the annual 
cost over the life time of the heat exchanger not taking into 
consideration the interest and inflation rate for the price of 
electricity [3-9].  
The main originality of this study is as follows:  
1. A practical approach is used so that the practical features of 
fan efficiency variations with flow rates, an appropriate 
selection of fans that can deliver the required air flow rate at the 
determined pressure drop based on manufacture data, the fan 
cost, and levelized price of electricity over the life time of the 
CHE are taken into consideration and practical constraints are 
imposed according to manufactures data when formulating the 
optimization problem. 
2. An optimization problem is formulated and the annual cost 
of the CHE is optimized for eight different tube-fin surfaces of 
known heat transfer and friction coefficient data using a genetic 
algorithm and the direct search method.  
3. The thermal performance of the CHE is analyzed for all 
surfaces and the results are discussed.  

2. ANALYSIS OF THE CHE 
The CHE with aluminum-finned aluminum tubes is selected for 
thermal analysis and optimization and is shown in Fig. 1. In such 
a system, the exhaust gas flows from top to bottom whereas the 
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cooling air flows around the tubes in a cross-flow arrangement 
and the condensate is collected at the bottom of the heat 
exchanger. The exhaust fans of the gas flow are optional and used 
only if the gas pressure drop exceeds a set value. Fig. 2 shows the 
arrangement of the CHE tubes and defines the central distances 
and CHE dimensions.  
The Colburn j and coefficient of friction for the air flow of each 
surface can be determined as a function of the air Reynolds 
number by curve fitting the data given in the plots of Kays and 
London [12]. For Surface 1 (CF-7.0 - 5/8J), it gives 
𝑗𝑗a = 0.392399 𝑅𝑅𝑅𝑅a−0.502371                                                       (1) 
𝑓𝑓a = 0.164 𝑅𝑅𝑅𝑅a−0.184859                                                              (2) 
where Re and f are the Reynolds number and coefficient of 
friction, respectively. The pressure drop for the air-side flow, δpa, 
can be found by applying the following equation [12] 
𝛿𝛿𝛿𝛿𝑎𝑎 = 𝐺𝐺a2 𝑣𝑣𝑣𝑣i−a

2
 �(1 + 𝜎𝜎2) �𝑣𝑣𝑣𝑣o−a

𝑣𝑣𝑣𝑣i−a
−  1� + 𝑓𝑓a  𝐴𝐴a

𝐴𝐴free
 𝑣𝑣𝑣𝑣m−a
𝑣𝑣𝑣𝑣i−a

�         (3) 
where vo, σ  and Aa are the specific volume, ratio of the minimum 
free-flow area to the frontal area and heat transfer area for the air-
side, respectively. The subscripts i-a, o-a, m-a and free are for 
inlet, outlet and mean for air and free-flow, respectively.  
2.3 An economic analysis of optimizing the CHE 
Assumptions for the economic analysis are listed in Table 1. By 
knowing the gas mass flow rate, �̇�𝑚g , the average velocity and 
density and the inside diameter of the gas tube, the number of 
tubes (N tube) can be determined from the following relation: 
�̇�𝑚g = 𝜋𝜋

4
 𝑑𝑑gi2  𝜌𝜌g−av𝑣𝑣g−av 𝑁𝑁tube                                                      (4) 

where dgi, v and ρ are the inside diameter of gas tube, velocity 
and density, respectively and the subscript g-av is for gas average. 
𝜌𝜌g−av can be found by integrating the local gas density, ρg(x), 
over the tube length (L tube) as 
𝜌𝜌g−av =  1

𝐿𝐿tube
 ∫ 𝜌𝜌g(𝑥𝑥) 𝑑𝑑𝑥𝑥𝐿𝐿tube
0                                                     (5) 

For each fin-tube surface, the central distances between tubes, S1 
and S2, are known so that two dimensions of the heat exchanger, 
X1 and X2, are related to the number of tubes as 

𝑁𝑁tube = 𝑋𝑋1
𝑆𝑆1

 𝑋𝑋2
𝑆𝑆2

                                                                        (6) 
The volume of the CHE can be found by multiplying the tube 
length by the determined two dimensions. The total surface area 
of the CHE, ACHE, can easily be determined as 
𝐴𝐴CHE =  𝑉𝑉CHE 𝛼𝛼 +  𝜋𝜋 𝑑𝑑gi𝐿𝐿tube 𝑁𝑁tube                                           (7) 
where VCHE and α are for the CHE volume and ratio of total heat 
transfer area of fin side of the heat exchanger to the total CHE 
volume. Using the Annual Cost Method [14], the total annual cost 
of the heat exchanger in $, TAcostCHE, can be determined as 
𝑇𝑇𝐴𝐴𝑇𝑇𝑇𝑇𝑇𝑇𝑇𝑇CHE = 𝐶𝐶𝐶𝐶 𝐴𝐴𝐴𝐴𝐶𝐶𝑅𝑅 +  𝐶𝐶e                                                     (8) 
where CI, AFCR and Ce are the capital investment of the CHE, 
annual fixed charge rate and levelized annual electricity cost, 
respectively. The referenced price of electricity (Assumption 8) is 
in 2012, using Assumption 6, the initial price of electricity in 
2021 is determined to be $0.1592 per kWh. The average price of 
electricity over the lifetime of the heat exchanger, Eprice levelized, is 
called the levelized price of electricity and determined to be 
$0.2289 per kWh using Assumptions 4 and 6, the computed value 
of $0.1592 and the following equation [14] 
 

 

 
 

𝐸𝐸𝛿𝛿𝐸𝐸𝐸𝐸𝑇𝑇𝑅𝑅levelized =
𝑖𝑖 𝐸𝐸𝐸𝐸𝐸𝐸𝑖𝑖𝐸𝐸𝐸𝐸ini�

1−�1+𝑒𝑒1+𝑖𝑖�
𝑛𝑛

𝑖𝑖−𝑒𝑒 �

1−(1+𝑖𝑖)−𝑛𝑛
                                            (9) 

where Eprice ini, i, e and n are the initial price of electricity, 
interest rate, inflation rate and number of years, respectively. The 
referenced price for the heat exchanger surface (Assumption 9) is 
in 2011 and the current price can be determined by applying 
Assumption 7 and is found to be $126.5 per m2. CI of the heat 
exchanger is found to be 
𝐶𝐶𝐶𝐶 =  𝐴𝐴𝐹𝐹𝐹𝐹Price𝑁𝑁fan + 126.5 𝐴𝐴CHE0.6                                          (10) 
where A and Nfan are the surface area of the heat exchanger in m2 
and number of fans used, respectively. FanPrice is obtained using a 
manufacture listed price for fans with a static pressure drop at the  
design point of 6 inches of water and consumed power between 
60 hp and 150 hp [16]. The electricity consumption of the heat  
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exchanger fan, Pfan in kW, can be computed as  
𝑃𝑃fan = 𝛿𝛿𝐸𝐸a 𝑄𝑄a

𝜂𝜂fan
                                                                          (11) 

where δpa,  Qa and ηfan are the static pressure drop in kPa, 
volumetric flow rate in m3/s and fan efficiency based on the static 
pressure drop. The purpose of the condensing heat exchanger is to 
condense steam; therefore, to obtain an accurate annual cost, such 
a cost has to be divided by the condensed amount of steam. 
Applying Assumption 2 and combining Eqs. 8, 10 and 11, 
TAcostCHE in $ per kg/s of condensed steam can be computed as 
𝑇𝑇𝐴𝐴𝑇𝑇𝑇𝑇𝑇𝑇𝑇𝑇CHE =
0.16 �𝐹𝐹𝑎𝑎𝐹𝐹Price 𝑁𝑁fan+126.5 𝐴𝐴CHE

0.6 �+0.2289 ×7446 × 𝑁𝑁fan  × 𝑃𝑃fan
�̇�𝑚cond

                (12) 
where  �̇�𝑚cond is the condensed steam in kg/s. 
3. OPTIMIZING THE CHE 
3.1 Optimization Assumptions 
1. The maximum flow rate for each fan,  𝑄𝑄fanx, in m3/s is obtained 

by curve fitting manufacture data [17] for maximum flow rates 
of axial fans between 60 hp and 150 hp so that 

𝑄𝑄fanx = 40.66 + 0.48 𝑃𝑃fan hp                                                    (13) 
where Pfan hp is the fan power in hp.  
2. Fan efficiency based on the static pressure rise, ηfan, is not a 

constant and varies with the flow rate. Such a variation is 
obtained by curve fitting manufacture data for an axial fan and 
it gives [11] 

𝜂𝜂fan = 4.651 − 18.0694 𝑄𝑄ratio + 26.3 𝑄𝑄ratio2 − 12.621𝑄𝑄ratio3 (14) 
where 𝑄𝑄ratio is the ratio of the fan volume flow rate to the 

maximum flow rate that fan can deliver.  
3. The minimum and maximum horse power of each fan are 60 
and 150 hp, respectively. 
4. Manufacture data for axial fans showed that for such a horse 

power range, the static pressure drop across each fan cannot 
exceed 12 inches of water [11]. 

5. The number of transfer units is between 1 and 4 [18]. 
6. The heat capacity ratio is between 0.1 and 1 [18]. 
7. The minimum and maximum numbers of fans are 5 and 14, 

respectively. Such numbers correspond to the maximum and 
minimum delivered volumetric flow rate at the highest and 
lowest horse power, according to manufacture data [17]. 

8. The CHE is a part of the heat recovery steam generator 
(HRSG), which has a pressure drop of 3%. It is assumed that 
the pressure drop for the gas flow of the HRSG is proportional 
to the heat transfer rate so that the maximum pressure drop for 
the gas side flow cannot exceed 965 Pa without using exhaust 
fans. The coefficient of friction for the gas flow inside tubes 
(fg) can be determined using the following equation [19] 

𝑓𝑓g = 0.3086

�log� 6.9
𝑅𝑅𝑒𝑒g

+ � 𝜀𝜀
3.7𝑑𝑑gi

�
1.11

��
2                                                          (15) 

where Re and ε are the average Reynolds number and tube 
roughness in m, respectively.  
9. Varying the gas velocity inside tubes (vg) affects the gas-side 

and overall heat transfer coefficients, length of the tubes and 
heat exchanger area and cost. Therefore, vg is selected as an 
optimization variable. 

10. Varying (Ga) influences the pressure drop across the heat 
exchanger (see Eq. (3)), consumed power by fans, fan cost, 
the air-side and overall heat transfer coefficients and the heat 
exchanger area and cost. Therefore, Ga is chosen as an 
optimization variable.  

11. Increasing the heat exchanger length (X1) increases its cost, 
the flow area of the air flow; thus, reducing the air mass 
velocity, pressure drop, Reynolds number, heat transfer 
coefficient and increases the tube length, which further 
decreases the air mass velocity and heat transfer coefficient. 
so that X1 is selected as an optimization variable. 

12. The tube length and CHE length (X1) don’t exceed 5 m and 70 
m, respectively [2]. 

3.2 Minimizing the annual cost of the CHE 
The total annual cost of the CHE is minimized for 8 different heat 
exchanger surfaces. The surfaces are CF-7.0-5/8J (Surface 1), CF-
8.7-5/8JA (Surface 2), CF-8.7-5/8JB (Surface 3), CF-9.05-3/4JA 
(Surface 4), CF-9.05-3/4JB (Surface 5), CF-9.05-3/4JC (Surface 
6), CF-9.05-3/4JD (Surface 7) and CF-9.05-3/4JE (Surface 8). 
The optimization problem is formulated using the assumptions as 
follows: 
Minimize TAcostCHE (Cr, dgi, Ga, Nfan, NTU, S1, S2, vg, X1, α, β, 

σ) 
Subject to the following constraints 

dgi = 0.0138 m or dgi = 0.017 m 
5 ≤  𝑁𝑁fan  ≤ 14 

60 hp ≤ 𝑃𝑃fan hp  ≤ 150 hp 
𝑄𝑄fan  ≤  40.66 + 0.48 𝑃𝑃fan hp 
𝛿𝛿𝛿𝛿a ≤ 12 inches of water 

𝛿𝛿𝛿𝛿g ≤ 965 Pa      if no exhaust fans are used for the gas side flow 
𝐿𝐿tube ≤ 5 m 
X1 ≤ 70 m 

0.1 ≤ Cr ≤ 1.0 
1.0 ≤ NTU  ≤ 4.0 
0.1 < Wg-b < 0.95 

445 < Reg-b < 22700                               (16) 
where Cr, NTU and β are the heat capacity ratio, number of 
transfer units and ratio of the fin area to total area, respectively. 
The last two constraints are the ranges through which the applied 
correlation (Eq. (A10)) is valid. Equations for the overall heat 
transfer coefficient, molar fractions, gas Reynolds number and 
pressure drop, thermodynamic and physical properties are added 
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to the main equations that are listed in Appendix A and Eqs. 1 
through 16 to form a system of non-linear equations. EES [20] 
was used to solve the system of non-linear equations each time 
the objective function is evaluated during the optimization 
process and optimize the annual cost of the CHE relative to six 
optimization variables for each surface (Cr, Ga, Nfan, NTU, vg, 
X1) using the direct search (DSM) and genetic methods. DSM is a 
first order method in which each search direction is conjugate. 
The initial search direction is determined using a method called 
the steepest descent method. DSM uses information about 
previous iterations to determine the search direction of subsequent 
iterations [21]. Genetic algorithms are commonly used to generate 
quality solutions to optimization problems by applying mutation, 
cross over, and selection techniques [22]. The inequality 
constraints on the optimization variables were applied by setting 
the bounds on these variables and the results were checked that 
none of the rest of the inequality constraints are violated. For each 
case, the optimization process was repeated several times by 
varying the initial guess using the two methods. Such methods 
were selected because they are widely used [23] and available in 
EES. It was not possible to use advanced methods that are not 
available in EES since optimization comprises evaluating the 
objective function many times and each evaluation involves an 
iterative procedure that requires solving numerous non-linear 
equations simultaneously. DSM results were the best optima and 
were close to the results obtained by the genetic algorithm, which 
took much longer time to find the global optima.  
4. RESULTS AND DISCUSSION 
The optimization results are shown in Table 2. The table shows 
the optimum annual cost for each surface. It is clear that the 
constraints on the maximum gas side pressure drop and number of 
transfer units, minimum horse power for each fan and maximum 
flow rate for air fans are active constraints and the optima were 
found on the boundaries of such constraints. The global optimum 
annual cost was found to be for Surface 1 (CF-7.0-5/8J), which 
has the lowest heat capacity ratio, the highest effectiveness for 
heat exchanger, mass velocity and average heat transfer 
coefficient for air among all surfaces.  
4.1 Effect of increasing dgi 
The effect of increasing dgi can be found by comparing the 
optimization results for Surface 3 and Surface 4. The optimum 
gas velocity for both surfaces were found to be very close so that 
increasing dgi was found to significantly increase the gas side 
Reynolds number, slightly increase the local Nusselt number, and 
significantly reduces the gas side heat transfer coefficient. 
Increasing dgi for the same central distance between tubes (S1) 
reduces the free flow area, σ and significantly increases Ga and 
the pressure drop per flow length. Since Ga is related to the 
Reynolds number as 
𝑅𝑅𝑅𝑅a = 𝐺𝐺𝑎𝑎 𝑑𝑑h

𝜇𝜇a
                                                                              (17) 

where dh is the hydraulic diameter. Substituting the curve-fit 
equations for j for Surface 3 and Surface 4 in Eq. (A8) and 
assuming that the properties variations for both surfaces are the 
same, we get that 

ℎasur 3
ℎasur 4

≈ 0.179782 𝑅𝑅𝐸𝐸asur 3
−0.3463𝐺𝐺asur 3

0.09656 𝑅𝑅𝐸𝐸asur 4
−0.3452𝐺𝐺asur 4

≈
1.862 𝑑𝑑hsur3

−0.3463 𝐺𝐺asur 3 
0.6537

𝑑𝑑hsur4
−0.3463 𝐺𝐺asur 4

0.6548  ≈

 
1.4 𝐺𝐺asur 3 

0.6537

𝐺𝐺asur 4
0.6548                                    (18) 

 Therefore, despite that Ga for Surface 4 is greater than that for 
Surface 3, it is expected that ha for Surface 3 to be greater than 
that for Surface 4, which are the results shown in Table 2. The 
area ratio of the air side to the gas side is about 60% greater for 
Surface 4 than that for Surface 3 so that ha of Surface 4 acts as 
1.6 of its actual value compared with that for Surface 3 when 
computing the overall heat transfer coefficient based on the gas 
side area, Ug, but ℎgav  of Surface 3 is much greater than that for 
Surface 4 so that the combined effect is a slight decrease in 𝑈𝑈gav   
for Surface 4 when compared with that for Surface 3. The greater 
area ratio means that the surface area of Surface 4 is greater than 
that for Surface 3 so is the annual cost of the CHE.  
4.2 Effect of increasing the central distance among tubes, S1 
The effect of increasing S1 can be found by comparing the 
optimization results for Surfaces 5 and Surface 6 or Surface 2 and 
Surface 3. Increasing S1 increases σ and reduces Ga. Increasing 
S1 significantly increases both the flow area and hydraulic 
diameter (dh). The significant increase in dh increases Rea, which 
reduces the Colburn j factor and ha (increasing the Reynolds 
number as a result of increasing dh reduces ha, but increasing the 
Reynolds number as a result of increasing Ga enhances ha (please 
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see Eqs. 1, 17 and A8)). The area ratio of the air-side to gas-side 

�𝐴𝐴a
𝐴𝐴g
� can be approximated by the following equation [18] 
𝐴𝐴a
𝐴𝐴g
≈ 1

𝑑𝑑gi
𝑑𝑑go

(1−𝛽𝛽)
                                                                       (19) 

where dgo is the outside diameter of the gas tube. Since the values 
of β and diameters are the same for both surfaces, the area ratio is 
also the same. Therefore, Surface 3, which has a greater value for 
S1 than that for Surface 2, has also greater values for dh and ha 
than that for Surface 2 as shown in Table 2. 
4.3 Effect of increasing the central distance among tube, S2 
The effect of increasing S2 can be found by comparing the 
optimization results for Surface 6 and Surface 7. Increasing S2 
has similar effects as increasing S1 in increasing σ, dh, Rea and 
reducing Ga and ℎaav . 𝐴𝐴a

𝐴𝐴g
 is the same for both surfaces so that 

increasing S2 results in increases in the tube length, the total heat 
transfer area (A tot) and cost of the CHE so that A tot and TAcostCHE 
for Surface 6 are greater than that for Surface 7. 
4.4 Effect of increasing α 
The effect of increasing α can be found by comparing the 
optimization results for Surfaces 1 and Surface 2, where S1 and S2 
are the same for both surfaces. Substituting Eq. (7), the area ratio 
of the air side heat transfer of Surface 1 to that of Surface 2 can 
be related in terms of the heat exchanger dimensions and α as 

𝐴𝐴a−sur1
𝐴𝐴a−sur2

= 𝛼𝛼sur1𝑋𝑋1−sur1𝑋𝑋2−sur1𝐿𝐿tube−sur1
𝛼𝛼sur2𝑋𝑋1−sur2𝑋𝑋2−sur2𝐿𝐿tube−sur2

= 𝛼𝛼sur1𝑁𝑁tube−sur1𝐿𝐿tube−sur1
𝛼𝛼sur1𝑁𝑁tube−sur1𝐿𝐿tube−sur1

                                          
(20) 

Values for L tube and N tube are slightly greater for Surface 1 than 
that for Surface 2, but the value of α is much greater for Surface 2 
than that for Surface 1. The combined effect is an area ratio of 
about 0.93, which is very close to the total area ratio of about 
0.95. Both values are not the same since Eq. (19), which is used 
to find the area ratio is an approximate equation. Surface 2 has 
greater values of α, total heat transfer area and cost than that for 
Surface 1 as shown in Table 2. 
4.5 Effect of increasing β 
The effect of increasing β can be found by comparing the 
optimization results for Surface 1 and Surface 2, where dgi, S1 
and S2 are the same for both surfaces. As indicated in Eq. (19), 
increasing β for the same inside and outside diameters, increases 
the heat transfer area ratio of air to gas and the impact of ha on 
𝑈𝑈gav . Because of the influence of such an area ratio ℎaav   for 
Surface 1 acts as 585 W/m2 K when computing the ove3rall heat 
transfer coefficient, compared with 693 W/m2 K for Surface 2 so 
that 𝑈𝑈gav  for Surface 2 is greater than that for Surface 1 as shown 
in Table 2. 
4.6 Effect of increasing vg 
The effect of increasing vg can be found by comparing the 
optimization results for Surface 1 and Surface 2, where dgi, S1 
and S2 are the same for both surfaces. For the same mass flow 
rate of gas, increasing the gas velocity reduces the number of 
tubes and the multiplication (𝑋𝑋1 ×  𝑋𝑋2) (see Eq. (6)). The greater 
value of vg results in a greater value of the gas Reynolds number 
and a shorter tube length as shown in Table 2 (since the gas 
pressure drop is the same for all surfaces and the effect of varying 
the coefficient of friction can be ignored). hg (x) depends on many 
factors and the influence of increasing Reg-b(x) is a minor 

compared with that of the Jag-b(x) and the mass fraction 
difference as indicated in Eq. (A10).  

 4.7 Effect of increasing Ga 
The effect of increasing the mass velocity of air, Ga, can be found 
by comparing the data of Table 3 for the design and optimum 
points for Surface 1. According to the fan characteristics, the 
design point air flow rate is much less than the optimum point air 
flow rate so that more fans are needed for the design point (11 
fans). Such a design point flow rate allows a greater pressure drop 
to match the fan characteristics curve (491.5 Pa) versus 241 Pa for 
the optimum point, which means a greater velocity and Ga of 9.9 
kg/s m2 for the design point (Ga for the optimum point is 7.24 
kg/s m2). The greater mass velocity needs much less flow area (X1 
× L tube) for the design point and results in greater Reynolds 
number, heat transfer coefficient for air and overall heat transfer 
coefficient for the design point as shown in Table 3. Such a 
greater overall heat transfer coefficient leads to a smaller area of 
heat transfer and a volume for the CHE and therefore, less area 
cost for the design point than that for the optimum point.  Despite 
the much lower fan efficiency and higher flow rate for the fans of 
the optimum point, the power consumption for each fan of the 
design and optimum points is the same so that the capital and 
power consumption costs of fans are much greater for the design 
point (11 fans) than that for the optimum point (9 fans). 
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Therefore, TAcostCHE for the optimum point is 24% less than that 
for the design point, which means that applying optimizing results 
in a saving of 24% in the annual cost.  
4.8 Effect of increasing the heat exchanger length (X1) 
The effect of increasing the heat exchanger length, X1, can be 
found by comparing the data of Table 3 for the design and 
optimum points for Surface 1. Moving from the design to the 
optimum point X1 increases, which increases the flow area for the 
air flow so that it reduces the air mass velocity, air Reynolds 
number and heat transfer coefficient and the overall heat transfer 
coefficient. Therefore, the area of heat transfer and tube length for 
the optimum point has to increase to compensate the reduction in 
the overall heat transfer coefficient since the temperature 
differences for heat transfer for both points are close. The greater 
air mass velocity for the design point significantly increases the 
air pressure drop and the required fan power, number of fans and 
fan costs so that the annual cost for the optimum point is much 
less than that for the design point leading to a saving of 24%. 
4.9 Effect of decreasing NTU 
It might be a good design idea to reduce the area and size of the 
CHE by decreasing NTU. Decreasing NTU decreases the tube 
length and for the same maximum pressure drop for gas the gas 
velocity has to increase; thus reducing the number of tubes and 
increasing both the gas Reynolds number and heat transfer 
coefficient. Table 3 shows that reducing NTU from 4 to 2 
significantly decreased the tube length by 56% and increased the 
gas average heat transfer coefficient by 73%. The reduction in the 
tube length as NTU decreases reduces the flow area for air flow 
and for the same air flow rate, the air mass velocity has to 
increase; thus, raising both the air Reynolds number and heat 
transfer coefficient. Table 3 shows that reducing NTU from 4 to 2 
significantly increases the air mass velocity by 60% and air 
average heat transfer coefficient by 29%. For the same maximum 
pressure drop for air flow, reducing NTU decreases the length of 
the air flow (X2) by 56%. The overall result of decreasing NTU 
from 4 to 2 was significantly increasing the overall heat transfer 
coefficient by 82% and decreasing the CHE area by 73%. 
Decreasing NTU also results in reducing the effectiveness of the 
CHE and increasing the outlet gas temperature; which decreases 
the condensed mass of steam. Table 3 shows that reducing NTU 
from 4 to 2 decreased the mass flow rate of the condensed steam 
by 8%. Since at such a design point the area cost represented only 
5% of the total annual cost, the net result was increasing the total 
annual cost by 7.4% as NTU was reduced from 4 to 2. Therefore, 
optimizing the annual cost results in a saving of up to 30%.  
5. CONCLUSIONS 
A practical approach that takes into considerations the practical 
constraints imposed by the performance curves of fans, the 
maximum delivered flow rates and pressure rises and the 
variations of fan efficiency and cost as well as electricity price 
over the life of the condensing heat exchanger (CHE) is used to 
formulate an optimization problem of minimizing the annual cost 
of the CHE. The annual cost of the CHE was optimized for 8 
different surfaces of a cross-flow arrangement and experimentally 
known heat transfer and coefficient of friction data using a 
genetic algorithm and the direct search method. The optimization 
results were analyzed, discussed and showed that the optima were 
found on the boundary of the lowest fan power, highest pressure 

drop for gas flow and highest number of transfer units and flow 
rate for air flow; thus, lowering the number of used fans (9 fans) 
and annual cost of up to 30% when compared with running more 
air fans (11 fans) at the design point of the highest fan efficiency. 
The global optimum was found for Surface 1 (CF-7.0 - 5/8J).  

 
6. APPENDIX A 
The heat exchanger effectiveness, εCHE, is related to the number 
of transfer units (NTU) and capacity ratio (Cr) [18] as 

𝜀𝜀CHE = 1 − 𝑅𝑅
�� 1𝐶𝐶r

�(𝑁𝑁𝑁𝑁𝑁𝑁)0.22�𝐸𝐸�−𝐶𝐶r(𝑁𝑁𝑁𝑁𝑁𝑁)0.78�−1��
                             (A1) 

where 
𝐶𝐶r = 𝐶𝐶min

𝐶𝐶max
                                                                                 (A2) 

Cmin and Cmax are the minimum and maximum heat capacity, 
respectively. The maximum heat transfer rate, qmax-CHE can be 
determined as 
𝑞𝑞max−CHE = 𝐶𝐶min�𝑇𝑇exg−dew − 𝑇𝑇o�                                           (A3) 
where the inlet temperatures of both the exhaust gas and ambient 
air are known. Cmin is the minimum heat capacity, which could be 
the heat capacity of air or exhaust gas, whichever is lower, 
respectively and the subscript exg-dew and o are for exhaust dew 
point and ambient, respectively. The actual heat transfer rate, qact-

CHE, is computed using the following energy balance relation: 
𝑞𝑞act−CHE = 𝐶𝐶exg−CHE�𝑇𝑇exg−dew − 𝑇𝑇exg−CHE−o�                       (A4) 
𝑞𝑞act−CHE = 𝐶𝐶a(𝑇𝑇a−CHE−o − 𝑇𝑇o)                                                (A5) 
𝑞𝑞act−CHE = 𝑞𝑞max−CHE𝜀𝜀CHE                                                        (A6) 
where Cexg-CHE is the average heat capacity of the exhaust gas for 
the CHE and the subscripts exg-CHE, exg-CHE-o and a-CHE-o 
are for the exhaust gas, at the outlet of the CHE for the exhaust 
gas and air, respectively.  
Applying the energy balance equation for the CHE results in 
𝑞𝑞act−CHE = �̇�𝑚exg−CHE−iℎexg−CHE−i − ��̇�𝑚exg−CHE−i −
�̇�𝑚cond�ℎexg−CHE−o − �̇�𝑚cond𝑇𝑇𝐸𝐸cond𝑇𝑇exg−CHE−o                         (A7) 
where �̇�𝑚 , cp and h are the mass flow rate, specific heat at 
constant pressure and specific enthalpy, respectively. The 
subscripts exg-CHE-i and cond are for at the inlet of the CHE for 
the exhaust gas and condensed water, respectively. The air side 
heat transfer coefficient (ha) is determined using the definition of 
the Colburn j factor [18], j,  
ℎ𝑎𝑎 = 𝑗𝑗𝑎𝑎

𝐺𝐺a𝐸𝐸𝑝𝑝a

𝑃𝑃𝐸𝐸a
2
3

                                                                             (A8) 

where Pr is the Prandtl number. Ga is the air mass velocity that is 
given as 
𝐺𝐺a = 𝑚𝑚ȧ

𝜎𝜎𝐴𝐴fr
                                                                                  (A9) 

where Afr and σ are the frontal area and ratio of the minimum 
free-flow area of the finned passage to the frontal area.  
The gas-side heat transfer coefficient (hg) can be determined by 
applying the following correlation of Siddique et al. [24].  
𝑁𝑁𝑁𝑁 (𝑥𝑥) =

6.123 𝑅𝑅𝑅𝑅g−b(𝑥𝑥)0.223 �
𝑊𝑊g−w(𝑥𝑥)−𝑊𝑊g−b(𝑥𝑥)

𝑊𝑊g−w(𝑥𝑥)
�
1.144

𝐽𝐽𝐹𝐹g−b(𝑥𝑥)−1.253 (A10) 

where Nu (x), Re (x), and Ja (x) are the local Nusselt, Reynolds, 
and Jakob numbers, respectively. W (x) is the local mass fraction 
of gas in the gas-water vapor mixture and the subscripts g-b and 
g-w are for bulk gas and gas at the inside wall of the tube. The 
above correlation can be applied for the following ranges: 
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0.1 < Wg-b < 0.95 
445 < Reg-b < 22700 
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ABSTRACT
One of the techniques that is currently being developed to im-

prove the efficiency of air conditioning equipment is using evap-
orative cooling to pre-cool the air that reaches the condenser of
a refrigeration machine. Previous works studied the use of an
ultrasonic mist generator and obtained promising results. How-
ever, the mist generator has some limitations, as not being able
to control the distribution and size of the droplets. The main ob-
jective of this work has been to develop a numerical model of an
ultrasonic spray atomiser that overcomes these limitations.
The spray injection has been modified depending on the differ-

ent arrangements of the spray atomiser studied. The commercial
code ANSYS FLUENT will be used to numerically solve the
governing equations. A parametric analysis has been carried out
considering the most important variables in the cooling process:
the effect of the ultrasonic frequency, the injected water mass
flow rate, the cooled area and the energy consumption. Based
on these variables, the optimal combination aims to obtain the
highest cooling rate.
It has been interesting to explore the influence of the number of

injections and their location. Experimentally this is complex, but
from the CFD it can be configured easily. In view of the results,
the performance increases when the number of injections and the
humidity of the inlet air increase, and when the temperature of
the inlet air decreases. The maximum COP for all the simulations
studied was 4.24, for 81 injections, T∞=25ºC and φ∞=0.7.

INTRODUCTION
The energy consumption used in buildings around the world to-

day in air conditioning systems or electric fans to stay cool ac-
counts almost 20% of their total electricity consumption. This
further development will have implications for countries’ overall
energy demand, putting pressure on electricity grids and increas-
ing local and global emissions, [1]. An answer to achieve a more
sustainable path necessarily involves the use of renewable energy
and the use of very efficient technologies.
Evaporative cooling techniques applied to the condenser of a re-

frigerating machine represent one of the most effective and im-
mediately applicable solutions for improving the efficiency of

NOMENCLATURE

Symbols
Ad [m2] area of the droplet
Ax

T [-] percentage area for temperature T , at section x
b [m] domain width
CD [m] drag coefficient
cp [J kg−1 K−1] specific heat at constant pressure
Dd [m] droplet diameter
g [m s−2] gravitational constant
h [m] domain height
L [m] domain length
Lw [m] wet length
l [m] distance between inlet sections
ṁw [kgw s−1] mass flow rate of spray atomisers
Nu [-] Nusselt number
Pr [-] Prandtl number
Q̇cooling [W] cooling capacity
Re [-] Reynolds number
T [◦C] dry temperature
Twb [◦C] wet bulb temperature
T̄ x [◦C] mean temperature calculated at section x
Ẇultrasound [W] power absorbed by spray atomisers

Greek symbols
η̄x [-] evaporative cooling efficiency calculated at section x
µ [kg m−1 s−1] dynamic viscosity
φ [-] relative humidity
ρ [kg m−3] density
τ [kg m−3] stress tensor
Re [-] Reynolds number

Subscripts
a air
d droplet
∞ ambient conditions
ma moist air
w water

Abbreviations
CFD computational fluid dynamics
COP coefficient of performance
HVAC heating, ventilation and air-conditioning

domestic and commercial air conditioning systems worldwide.
Applications of ultrasonic energy to enhance a wide variety of

processes or to improve system efficiency have been explored in
recent years. Yao [2] reviewed the studies addressing the appli-
cations of ultrasound as a new technology in the field of Heating,
Ventilation and Air-Conditioning (HVAC). The author claimed
that, from a general point of view, all the effects produced by
ultrasound could be interesting in applications involving heat
or mass transport, decreasing both the external and internal re-
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sistance to transport. Yao et al. [3] presented a review of the
state-of-the-art of high-intensity ultrasound and its applications.
However, the authors did not specifically cite evaporative cool-
ing as an application of ultrasound, denoting the little attention
they have received to date.
Up to the knowledge of the authors, the study conducted by Mar-

tinez et al. [4] was the first attempt to apply ultrasonic techniques
(mist generator) to pre-cool the air entering the condenser in an
air conditioning application. The authors experimentally anal-
ysed the performance of an ultrasonic mist generation system.
Its thermal performance and its water mist production capacity
were assessed in terms of the mass flow rate of atomised water
and size distribution of the droplets generated.
Computational Fluid Dynamics (CFD) techniques have been

used extensively in recent decades as an effective and powerful
tool capable of characterising spray cooling in different appli-
cations. CFD enables scientists and designers to understand the
physical principles of spraying processes saving time and effort
in tedious experimental work. Several studies can be found in the
literature analysing spray cooling for different applications using
CFD models [5; 6; 7].
However, few references have been found in the bibliographic

review related to the numerical simulation of evaporative cooling
using ultrasonic techniques (ultrasonic atomisers and mist gen-
erators). Kim et al. [8] numerically simulated a ultrasonic gas
atomiser. They decided generation position and operating condi-
tions of ultrasound atomiser. In Ruiz et al. [9], a CFD model of
an ultrasonic mist generator specifically designed for HVAC ap-
plications is reported. The model was validated using the results
obtained in [4], and the authors conducted a parametric analysis
including some physical variables involved in the cooling pro-
cess, and, finally, carrying out an optimisation process regard-
ing the overall cooling performance of the ultrasonic generator.
However, although the tests were satisfactory and their scientific
interest has been revealed by the recent publications achieved,
there are still many aspects related to the search for the optimal
design of the pre-cooling system based on ultrasound techniques
(reduce wet length and water consumption).
In conclusion, the works referring to the pre-cooling of the in-

let air with ultrasonic atomisation techniques have been reviewed
and it has been observed that this technique has received limited
attention for this application, with few references found in the
literature to date. Despite this, it has been proven that ultrasound
is a promising method to improve the design of evaporative pre-
cooling systems. Therefore, the main objective of this study is
to develop a numerical model of an ultrasonic spray atomisers
system. The objective is to optimise the key operating param-
eters: maximise evaporative efficiency, increase the cooled area
and reduce the wet length.

MATERIALS AND METHODS
Experimental test facility
To obtain key parameters to be used in the simulations, a series

of experimental tests were carried out with the ultrasonic spray

atomisers. The test equipment mainly consists of two compo-
nents: an ultrasonic spray atomisers system and a wind tunnel.
The device used in the system is a hybrid mesh and ultrasound

spray atomiser (Figure 1 (a)). This is composed of a ceramic
piezoelectric, which surrounds a porous membrane, and a PCB
controller board that generates a pulse signal at a frequency of
108 kHz for the spray atomiser. This component is characterised
by having a low cost and consumption (2 W).

(a) (b)
Figure 1. (a) Used ultrasonic spray atomisers and a PCB con-
troller board. (b) Microscopic image of the water outlet holes in
the spray atomisers used.

When the current is supplied, the piezoelectric initiates an ex-
pansion/contraction cycle. This oscillation allows the water to
pass through its microscopic holes (around an opening of 10 µm,
Figure 1 (b)) , and pushes the drops forming a column of water
mist. The mass flow rate is approximately 8.33 ·10−6 kgw s−1.
In order to characterise the real geometry of the spray atomiser

discs and the dimensions of the atomized drops, with the aim of
making a numerical model as close as possible to reality, it was
decided to adopt the photographic techniques described in [4].
An example of these is shown in Figure 2.

5,4 µm

4,5 µm

5,1 µm

(a) (b)
Figure 2. Experimental test carried out to define: (a) the speed
of exit of the drops, and (b) the output size of the drops.

As for how the working frequency affects the operation of the
spray atomisers, in Yan et al. [10] a study of the influencing fac-
tors in the atomisation flow of a mesh piezoelectric transducer
was carried out. If we focus on the results obtained for the tests
in which the frequency was modified, it was observed that the
frequency notably affects the mass output of the spray atomis-
ers, obtaining the maximum flow point at 122 kHz for the spray
atomisers used in this study. In our case, the spray atomisers are
powered by a PCB driver board that generates a pulse signal at a
frequency of 108 kHz, which cannot be modified.
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Physical model
The physical domain considered in the simulations reproduces

a portion of the experimental facility where the future tests will
be performed. It consists of a 2.5 m long, 0.492 m wide and
0.712 m high (L× b× h) domain (Figure 3). The water spray
injections will be located at certain points of the air inlet section
and in the direction of the air outlet section. The reason is that it
will be there where the manifold will be located where the spray
atomisers will be installed (Figure 4). These are included in a
square of 0.35×0.35 m2.

h

b

L

Walls

Inlet
(Velocity inlet)

Outlet
(Pressure outlet)

Figure 3. Wind tunnel domain considered in the simulations
and boundary conditions.

Ultrasonic spray 

atomizer

control 

module

recirculation

pump

Figure 4. Scheme of the distribution of the spray atomisers in
the form of a 9×9 manifold.

Mathematical method (governing equations)
Continuous phase (moist air)
The airflow was assumed to be steady, incompressible and tur-

bulent flow. The Reynolds-Averaged Navier-Stokes equations
(RANS) were used along the standard k − ε turbulence model.
No turbulence model can be considered superior than the others
[6], but the standard k − ε turbulence model has been reported
to accurately predict the flow field and droplet evaporation in

several spray cooling applications [5]. The influence of water
droplets on the airflow was considered by introducing the source
terms of mass, momentum and energy into the air-side governing
equations. In spray cooling applications, heat, mass and momen-
tum is transferred between the moist, unsaturated air stream and
the water droplets. Processes related to heat-and-mass transfer
between different phases are governed by mass, momentum, en-
ergy and species conservation principles. This multiphase flow
is described by the set of equations that governs the continu-
ous phase (internal moist air inside the wind tunnel) and the set
of equations for the discrete phase (ultrasound-generated water
droplets). The continuous and discrete phase equations are cou-
pled by the source terms of the conservation equations. In this
study, an Eulerian–Lagrangian approach was used.

∂(ρvi)

∂x j
=Sm (1)

∂(ρviv j)

∂x j
=− ∂p

∂xi
+

∂τi j

∂x j
+ρgi +Smo (2)

ρvi
∂e
∂x j

=−p
∂vi

∂x j
+

∂

∂x j

(
k

∂T
∂x j

)
+

∂

∂x j

(
n

∑
i′=1

hi′Ji′

)
+φv +Se(3)

ρvi
∂m j

∂x j
=−

∂Ji′,i

∂x j
+Sm (4)

Ji′,i=−ρD fi′,m
∂m j

∂x j
(5)

Here, Sm, Smo, Se represent the mass, momentum and energy
source terms introduced by water droplets, respectively, and Ji′,i
is the diffusion flux of species i′.
Discrete phase
The equations for the spherical water droplets are written in a

Lagrangian reference frame. The trajectory of a discrete phase
particle is obtained by integrating the force balance on the droplet
(Newton’s second law of motion),

dvd

dt
=

18µ
ρdd2

d

CD Re
24

(v− vd)+g
ρd −ρ

ρd
(6)

drd

dt
=vd (7)

The drag coefficient (CD) included in the the drag per unit
droplet mass term can be calculated as reported by [11].
Due to the existence of a temperature difference and a vapour

concentration gradient between the water droplets and the unsat-
urated air, heat and mass transfer between them occur. The en-
ergy conservation equation of a droplet, neglecting the radiation
effect, is expressed as,

mdcp
dTd

dt
= hCAd (T −Td)+

dmd

dt
h f g (8)

It relates the temperature change in the droplet to the convective
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and latent heat transfer between the droplet and the continuous
phase. The rate of evaporation of water changes according to,

dmd

dt
= hDAdM (ys − y) = hDAd (ρs −ρ) (9)

The convective and mass transfer coefficients (hC, hD) are cal-
culated from the Nusselt and Sherwood number correlations re-
ported by [12],

Nu =
hCdd

k
=2+0.6Re1/2

d Pr1/2 (10)

Sh =
hDdd

D f
=2+0.6Re1/2

d Sc1/2 (11)

Numerical method
The boundary conditions used in the present analysis are shown

in Figure 3. Air enters the computational domain at the leftmost
surface shown in the figure. It is in this section that the water
injections are located. In Figure 2 (a) it can be seen as the flow
that there is a lot of turbulence in the dispersion of the particles,
this has been introduced in the RANS model using a stochas-
tic tracking model referred as Discrete Random Walk in ANSYS
FLUENT. The turbulent dispersion of droplets is predicted by in-
tegrating the trajectory equations for individual particles, using
the instantaneous fluid velocity along the particle path during the
integration. By computing the trajectory for a sufficient number
of representative particles (tries), the random effects of turbu-
lence on the particle dispersion may be simulated. Therefore the
number of particles that we introduce will be multiplied by 5.
The inlet air speed conditions have been considered uniform and

an air speed of 1.5 m s−1 has been set. A turbulence intensity of
5% was assumed for the inflows, [13]. The incoming spray water
was adjusted to match what was measured. To establish the injec-
tion speed of the continuous phase, experimental measurements
were made, as shown in Figure 2 (a). It is around 2.5 m s−1.
On the other hand, the droplet temperature was set equal to the
air temperature used in each simulation. The pressure was stated
to be equal to the ambient pressure at the outlet section (pres-
sure outlet). Wall boundary condition was selected for the tunnel
walls. The zero heat flux and no-slip condition were imposed on
them. The ‘escape’ boundary condition was set, meaning that
the droplets exit the computational domain when they reach the
walls or the tunnel exit, [5]. For the droplet size distribution,
5 µm was considered. These correspond to the size of the drops
generated by the spray atomiser (Figure 2 (b)).
The commercial code ANSYS FLUENT (version 19.1) was

used to numerically solve the governing equations.
The selected grid is an unstructured grid with 770,317 poly-

hedral cells. This will be the same for all the simulations run.
The SIMPLE algorithm was employed to solve the coupling be-
tween continuity and momentum equations through pressure. All
calculations were performed using discretization providing sec-
ond order accuracy. The convergence criterion in each case was

|ϕ(i+1)−ϕ(i)|/ϕ(i)< 10−4, where i denotes the iteration num-
ber and ϕ can stand for any of the dependent variables.

RESULTS AND DISCUSSION
Parametric analysis
A parametric study was conducted to analyse the influence of

some operating variables in the evaporative performance of the
ultrasonic generator. The conditions used and the configuration
described in section are the same as those used in previous works
[9]. More information about the model validation process can be
found there.
The variables included (Table 1) in this study were: number and

layout of the injection flow. In addition to environmental condi-
tions such as temperature and air humidity.

Distribution Nº injections T∞(ºC) φ∞(-)

9×9 81 25 0.5

9×9 - Row = 1, 3, 5, 7, 9 45 30 0.7
Table 1. Conditions studied.

As can be seen in the Table 1, 2 types of distribution were stud-
ied, which have been selected based on the distribution that the
experimental installation will subsequently have (Figure 4). The
spray atomisers must be working whenever water reaches them,
otherwise they drip large water droplets. Therefore, the tested
cases are activating the 9 rows (9×9) and another activating 5 (
9×9 - Row = 1, 3, 5, 7, 9).
Finally, for the environmental conditions, 2 levels of temper-

ature and relative humidity were studied. Therefore, the total
number of simulations carried out was 8. The rest of the variables
involved in the parametric analysis were considered constant.
As an example, Figure 5 shows the temperature contours (a, c)

and evolution of the particles (b, d) along the domain for two spe-
cific cases. As can be seen, since the injections are uniformly dis-
tributed in the inlet section, the evolution of the temperature con-
tours is also quite uniform throughout the entire domain, once all
the drops have evaporated.Therefore, for calculation purposes,
from now on only the average temperature in the exit section of
the tunnel, T̄ L, will be considered.

(d)

(b)

(c)

(a)

Figure 5. Temperature contours in the axial mid plane and the
outlet section of the domain (a,c) and evolution of the diame-
ter of the drops from when they leave the spray atomisers un-
til they completely evaporate (b,d) for the tests of 81 injection,
T∞ = 25 ºC: (a,b) φ∞ = 0.5 and (c,d) φ∞ = 0.7.
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Figure 6 shows the temperature difference between the inlet and
outlet air temperatures for all the cases tested (yellow and green
colours). As can be seen, the temperature difference increases
with a higher number of injections and higher humidity, and de-
creases as the temperature decreases. Being the largest jump
for the case of 81 injections and conditions of T∞ = 25ºC and
φ∞ = 0.7.

24 25 26 27 28 29 30 31

 T
L
    (ºC)

0

0.5

1

1.5

∆
T

(º
C

)

0

0.2

0.4

0.6

0.8

1

η
L

φ
∞

 = 0.7

φ
∞

 = 0.5

∆T - 81 injections

∆T - 45 injections

 ηL
  - 81 injections

 ηL
  - 45 injections

Figure 6. (yellow, green) Air temperature difference between
inlet and outlet. (red, blue) Evaporative cooling efficiency as a
function of the water temperature for all simulations conducted.

Next, the evaporative cooling efficiency at the certain section
will be studied, η̄x. This is defined as the ratio of the mean tem-
perature difference calculated at the evaluated section, T∞ − T̄ x,
to the wet bulb depression (T∞ −Twb∞

).

η̄
x =

T∞ − T̄ x

T∞ −Twb∞

(12)

Figure 6 shows the evaporative cooling efficiency evaluated in
the outlet section of the domain, η̄L, as a function of the air in-
let temperature for all the simulations performed (red and blue
colours). As can be seen, the results are scattered over a wide
range from η̄L = 0.038 to 0.266. The maximum efficiency of
η̄L = 0.266 is given for the case of 81 injections, T∞=25ºC and
φ∞=0.7.
The trend observed for all the results is that the efficiency in-

creases with a greater number of injections. This is logical, since
the greater the number of injections, the mass flow rate of water
increases. On the other hand, higher humidity and lower air tem-
perature also improve efficiency. This is directly related to the
wet bulb temperature.
The evaporative cooling efficiency gives an overall representa-

tion of the cooling processes taken place in the domain since is
referred to the mean temperature. However, this magnitude fails
may not be able to represent local effects.
To perform a quantitative comparison between the studied cases,

the difference between the maximum, mean and minimum tem-
peratures for the 8 tests was studied. Where it was observed that
the temperatures are very close to each other (maximum differ-
ence is 0.53%). Therefore, the average temperature is a repre-

sentative value for all outlet section. This can also be seen in
Figure 5(a) and (c).
The last indicator discussed in this section is the wet length, Lw.

The wet length is the distance from the droplet injection section
until the water droplets completely evaporate. This phenomenon
can cause corrosion, scaling and fouling on the heat exchanger
bundles if not fully evaporated water droplets are carried out by
the airstream to the heat exchanger bundles of the condenser.
The wet length (in its dimensionless form, Lw/L) is shown in

Figure 7. As can be seen, in none of the simulated cases is it
greater than unity, which means that no drop leaves the domain
through the outlet section. The wet length depends on all the pa-
rameters, although mainly from humidity, since increasing this
by 20% doubles the humidity length. On the other hand, increas-
ing the number of injections also increases Lw/L. This seems ob-
vious, since the greater the amount of water, the longer the drops
will evaporate. Finally, for lower temperatures the Lw/L also in-
creases, although the changes when the temperature is modified
are the least significant. As an example, Figure 5 shows the pre-
diction of drop trajectories in two representative cases.

24 25 26 27 28 29 30 31

 T
L
  (ºC)

0

0.05

0.1

0.15

0.2

0.25

L
w
/L

φ
∞

 = 0.7

φ
∞

 = 0.5

81 injections

45 injections

Figure 7. Wet length (in its dimensionless form, Lw/L) as a
function of water temperature for all simulations performed.

This allows identifying the minimum length at which to locate
the spray atomisers of condenser. For the cases studied, the min-
imum length is 0.381 m. However, if it is planned to work with
humidities above 70% or a greater ṁw, should be studied. This
ensures that the installation always works in ranges where com-
plete evaporation occurs.

Optimization analysis
From the above discussion, it has been highlighted that an in-

crease of ṁw, increases the cooling efficiency, at least, until the
saturation is reached. However, this will imply having to intro-
duce a greater number of spray atomisers and a higher energy
consumption (2 W/spray atomiser). Under these conditions, the
cooling capacity, Q̇cooling, defined as in Equation (13), is also
increased due to the temperature difference (via the cooling effi-
ciency).

Q̇cooling = ṁacpa

(
T∞ − T̄ L) (13)
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Considering these, the relative contribution of all these effects
can be seen in the coefficient of evaporative performance (COP),
Equation (14):

COP =
Q̇cooling

Ẇultrasound
(14)

Figure 8 presents the variation of the performance coefficient
against the air inlet temperature for all the simulations carried
out. As can be seen, despite the increase in consumption, the in-
crease in injections always improves the COP, although not very
significantly. Moreover, in general terms, the COP decreases
with increasing air temperature and increases with increasing hu-
midity.
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Figure 8. Performance coefficient depending on the water tem-
perature for all the simulations carried out.

CONCLUSIONS
In this article, a numerical model of an ultrasonic spray atom-

iser system for evaporative pre-cooling of condenser inlet air in
air conditioning applications has been developed. A paramet-
ric analysis including some physical variables involved in the
cooling process was carried out (number and distribution of in-
jections, and air temperature and humidity). Finally, an opti-
mization study regarding the overall cooling performance, for
the above mentioned application, was performed. The main con-
clusions obtained during this investigation can be summarized as
follows.
The average evaporative cooling efficiency evaluated in the out-

put section of the domain, η̄L = 0.266, increases when the num-
ber of injections and humidity increase, and when the tempera-
ture decreases. The maximum value is η̄L=0.266 and is given for
81 injections, T∞=25ºC and φ∞=0.7.
The observations regarding the wet length have allowed us to

know that the distribution of is quite homogeneous. As well as
the minimum length at which to locate the spray atomisers of
condenser. The most unfavorable moisture length is Lw/L=0.152
and is given for the case of 81 injections, T∞ = 25 ºC and φ∞=0.7.
The optimisation analysis based on the coefficient of perfor-

mance has shown that the operating ranges that show better over-

all performance are the same as for the previous cases (81 injec-
tions, T∞=25ºC and φ∞=0.7) and is 4.24. For these conditions,
there is a greater wet length and this, together with the rest of
the factors, favours the evaporative process. However, as already
mentioned, having a very large wet length can be a problem, so
both factors must be taken into account when designing the pro-
totype.

ACKNOWLEDGMENTS
The authors acknowledge the financial support received from

the Government of Valencia (Generalitat Valenciana), through
project AICO/2021/190 (Subvenciones para grupos de investi-
gación consolidables).

REFERENCES
[1] IEA. The Future of Cooling: Opportunities for Energy-Efficient

Air Conditioning; Annual report; IEA: Paris, France, 2018.
[2] Yao, Y. Research and applications of ultrasound in HVAC field:

A review. Renewable and Sustainable Energy Reviews, Vol. 58,
2016, pp. 52–68

[3] Yao, Y.; Pan, Y.; Liu, S. Power ultrasound and its applications: A
state-of-the-art review. Ultrasonics Sonochemistry, Vol. 62, 2020,
pp. 104722

[4] Martinez, P.; Ruiz, J.; Martin, I.; Lucas, M. Experimental study
of an ultrasonic mist generator as an evaporative cooler. Applied
Thermal Engineering, Vol. 181, 2020, pp. 116057

[5] Alkhedhair, A.; Gurgenci, H.; Jahn, I.; Guan, Z.; He, S. Numerical
simulation of water spray for pre-cooling of inlet air in natural
draft dry cooling towers Applied Thermal Engineering, Vol. 61,
2013, pp. 416-424

[6] Montazeri, H.; Blocken, B.; Hensen, J. Evaporative cooling by
water spray systems: CFD simulation, experimental validation
and sensitivity analysis. Building and Environment, Vol. 83, 2015,
pp. 129–141

[7] Sadafi, M.; Ruiz, J.; Lucas, M.; Jahn, I.; Hooman, K. Numerical
and experimental study on a single cone saline water spray in a
wind tunnel. International Journal of Thermal Sciences, Vol. 120,
2017,pp. 190–202

[8] Kim, K.D.; Jin, D.H.; Choi, Y.C. Numerical simulation on the
generation of ultrasound and formation of water fog in the ultra-
sonic gas atomiser. Ultrasonics, Vol. 102, 2020, pp. 105851

[9] Ruiz, J.; Martı́nez, P.; Martı́n, Í.; Lucas, M. Numerical Character-
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ABSTRACT 
For combined cycles, gas turbine (GT) inlet air-cooling 
increases the mass flow rates of both air and the generated 
steam of the heat recovery steam generator (HRSG) and hence 
power output. For a hot-humid climate, the regular cooling 
methods consume a significant amount of energy while 
desiccant and inlet-fogging are not effective. In this paper, a 
thorough analysis for the effect of increasing ambient 
temperature (To) and relative humidity (RHo) on the 
performance and NOx emissions of the air-cooled GT 
combined cycle (ACGTCC) is presented and the novel exhaust-
driven hybrid (NE-DH) GTIAC systems of desiccant-ejector, 
ejector-refrigeration, and desiccant-ejector-refrigeration are 
described. The 1-D model at the double choking was used to 
model the performance of the ejector GTIAC technique. The 
results indicate that increasing ambient temperature from 15°C 
to 45°C decreases the mass flow rate of air by 9.5%, increases 
the mass flow rate of air needed for cooling the GT blades by 
8% and caused the condenser pressure to increase from 4 kPa to 
21 kPa. Increasing ambient temperature from 15°C to 45°C 
results in an efficiency decrease of about 3.5%, a power output 
reduction of almost 18.2% and an increase of 45% in the initial 
NOx emissions. The results indicate that increasing relative 
humidity reduces both the specific work and mass flow rate of 
air, which result in a decrease in power output of 2.4% as 
relative humidity increases to 100%. 
Keywords: ejector cooling; hybrid cooling; improving power; 
inlet cooling; NOx emissions, performance enhancement 

INTRODUCTION 
Increasing To raises the compressor work and as a consequence 
decreases both the specific work (w) and efficiency of the GT 
cycle. It also reduces the inlet air density of the GT, which is a 
constant-volume flow rate machine so that such a decrease in 
the air density results in a reduction in the mass flow rate 
through the GT and a further decrease in power output. 
Furthermore, raising To also increases the mass flow rate of the 
air needed for the GT blade cooling (�̇�𝑚cablades); thus, reducing 
the mass flow rate of the expanded gas (�̇�𝑚gexp) and 
consequently w. The power lost was found to be approximately 
0.8% per Celsius degree rise in To for a simple GT cycle [1]. 
Arrieta and Lora [2] presented the influence of ambient 
temperature on the performance (power output and heat rate) of 
a combined cycle power plant and reported that the power lost 
is around 0.75% per Celsius degree rise in To. For combined  

NOMENCLATURE 
ℎ�for0 [kJ/kmol] specific enthalpy of formation 
∆ℎ� [kJ/kmol] specific enthalpy difference 
Mda [kg/kmol] molecular weight of dry air 
Mwv [kg/kmol] molecular weight of water vapor 
�̇�𝑚a [kg/s] mass flow rate of  air at the 

compressor inlet 
�̇�𝑚cablades [kg/s] mass flow rate of air needed for 

cooling of the GT blades  
�̇�𝑚e [kg/s] mass flow rate of the ejector 

refrigerant  
�̇�𝑚gexp [kg/s] mass flow rate of the expanded 

gas  
�̇�𝑚pe [kg/s] mass flow rate of the ejector 

primary refrigerant  
�̇�𝑚se [kg/s] mass flow rate of the ejector 

secondary refrigerant  
n i [mole] number of moles of component i 
Pcon [kPa] condenser pressure 
RHo relative humidity 
To [°C or K] ambient temperature 
Tad-fl [°C or K] adiabatic flame temperature 
T i-com [°C or K] air temperature at the compressor 

inlet 
w [kJ/kg] specific work 
wcc [kJ/kg] specific work of the combined 

cycle 
ηcc combined cycle efficiency 
ω i-comb humidity ratio at the combustor 

inlet 
ABBREVIATIONS 
AC air compressor 
ACGTCC air-cooled GT combined cycle 
CC combustion chamber  
C-F HEi cross-flow heat exchanger number i 
COM refrigerant compressor 
CON refrigerant condenser 
CONi refrigerant condenser number i 
COP coefficient of performance 
CT cooling tower 
D i steam drum number i 
Desi-Eject desiccant-ejector  
Desi-Eject-
Ref

desiccant-ejector-refrigeration 

DW desiccant wheel 
ECO economizer  
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EG  electrical generator 
Eject-Ref ejector-refrigeration 
EV expansion valve 
EVi expansion valve number i 
EVA refrigerant evaporator 
EVAi refrigerant evaporator number i 
FN fogging nozzles 
GT gas turbine 
GTIAC GT inlet air-cooling 
HRSG heat recovery steam generator 
IAC inlet air cooler 
I-P ST intermediate-pressure steam turbine 
NE-DH novel exhaust-driven hybrid 
SCGTCC steam-cooled GT combined cycle 
VG vapor generator for a refrigerant 
Regular cycle the triple-pressure reheat air-cooled 9HA GT 

combined cycle  
Ref cooled 
cycle 

the triple-pressure reheat air-cooled 9HA GT 
combined cycle with the refrigeration GTIAC 
system shown in Fig. 1 

Desi-Eject 
cooled cycle 

the triple-pressure reheat air-cooled 9HA GT 
combined cycle with NE-DH desiccant-ejector 
GTIAC system  

Desi-Eject-
Ref cooled 
cycle 

the triple-pressure reheat air-cooled 9HA GT 
combined cycle with NE-DH desiccant-
ejector-refrigeration GTIAC system  

Ejector-Ref 
cooled cycle 

the triple-pressure reheat air-cooled 9HA GT 
combined cycle with NE-DH ejector-
refrigeration GTIAC system 

cycles, the pressure of the condenser for the steam cycle 
increases significantly with increasing To; thus, decreasing the 
pressure ratio and power output of the low-pressure steam 
turbine as well. Increasing To also raises air temperature at the 
compressor outlet; thus, increasing the adiabatic flame 
temperature (Tad-fl) and consequently the initial NOx emissions 
(the NOx emissions that are produced at Tad-fl). Inlet air-cooling 
decreases the compressor work and air temperature at the 
compressor outlet and increases the mass flow rates of air at the 
compressor inlet (�̇�𝑚a), that of the generated steam, and  �̇�𝑚gexp; 
thus, improving the specific work of the combined cycle (wcc) 
and power output and possibly reducing the initial NOx 
emissions.  
Applying GTIAC increases the mass flow rate of air by raising 
the inlet air density of the GT. Such an increase depends on the 
effects of reducing the temperature as well as pressure and the 
change in the moisture content at the air compressor inlet. The 
reduction in the pressure results from the pressure drops across 
the cooling devices and leads to an air density decrease while 
the decrease in the temperature is attributed to the process of 
inlet cooling and results in an air density increase. The density 
for dry air is greater than that for water vapor at the same 
pressure and temperature so that as the humidity ratio increases 
the density of dry air-water vapor mixture slightly decreases. 
The change in the moisture content depends on the method of 
GTIAC. Implementing refrigeration, absorption, or ejector 
cooling could result in condensation of water vapor, which 
contributes to reducing the moisture content and consequently 
increasing the density of the dry air-water vapour mixture 

further. Applying desiccant and fogging GTIAC techniques 
increases the moisture content of air, which contributes to 
decreasing the density of the air mixture slightly. Implementing 
GTIAC reduces the temperature of air and could decrease the 
moisture content at the compressor outlet. The decrease in air 
temperature at the compressor outlet reduces Tad-fl and the 
initial NOx emissions, but the reduction in the moisture content 
decreases the specific heat of the combustion gas; thus, raises 
Tad-fl and the initial NOx emissions. Therefore, applying 
GTIAC affects NOx emissions.  
Evaporative, inlet-fogging, mechanical compression, absorption 
and thermal energy storage cooling are the available methods 
for GTIAC, which have been investigated by many researchers. 
Some investigators presented the influence of introducing such 
GT inlet cooling systems by comparing the performance of the 
cooled combined cycles with that without cooling [3-7], while 
other researchers reported such comparisons and performed an 
economic analysis to determine the financial viability of 
applying such systems [8-14]. De Lucia et al. [15] concluded 
that inlet-fogging is simple and economical, but suitable only 
for a hot-dry climate.  For a hot-humid climate, the cooling load 
is significantly heavier than that for a hot-dry or a warm-humid 
climate so that inlet-fogging is not effective to reduce the inlet 
air temperature and the regular cooling techniques of 
compression refrigeration and absorption cooling of greater 
capacities are needed, which have higher capital and 
maintenance costs [16] and consume a significant amount of 
energy that affects both the power output and efficiency of the 
combined cycle. Ejector and desiccant cooling can take 
advantages of the exhaust energy and cool the inlet air with 
little effect on efficiency. An ejector cooling system has the 
advantages of being very simple and has much lower capital 
and maintenance costs when compared with that for an 
absorption cooling system. Because of such advantages, many 
researchers have focused on ejector cooling for refrigeration 
applications. Zegenhagen and Ziegler [17] analyzed the 
feasibility of an exhaust gas driven jet-ejector cooling system 
for the inlet air of a turbocharged gasoline engine and 
determined the cooling capacities, inlet air temperatures, and 
COP. Invernizzi and Iora [18] used the heat recovery from a 
micro GT to cool the inlet air using an ejector cooling system 
working with water, ammonia and R134a refrigerant. 
Radchenko [19] utilized an ejector cooling system driven by the 
exhaust energy to cool the inlet air of a simple GT and showed 
that such a system could boost output power by 15%-20% and 
thermal efficiency by 2 to 3.5 percentage points. Desiccant 
cooling can also utilize the exhaust energy to dry the desiccant 
and hence reduce the moisture content of the humid air. 
Zadpoor and Nikooyan [20] applied a multiple desiccant wheel 
(DW) system to a GT power system and reported a power 
increase of 10% to 25% depending on weather. Soghafifar and 
Gadalla [21] investigated the performance of a simple GT cycle 
with 4 different configurations utilizing Maisotsenko coolers 
with a DW. The exhaust energy and temperature for the 
combined cycle are much lower than that for the simple GT 
cycle; therefore, neither the exhaust-driven ejector cooling nor 
the exhaust-driven desiccant cooling will be able to reduce the 
inlet hot-humid air temperature to the required ISO value of 
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15°C. Accordingly, ejector and desiccant cooling systems have 
to be integrated with a refrigeration compression cooling 
system in a hybrid cooling system that can effectively decrease 
the inlet air temperature. The use of a hybrid cooling system to 
cool the GT inlet air is not new. Ondryas et al. [12] suggested a 
hybrid cooling system of an absorption chiller followed by a 
mechanical compression chiller so that the GT inlet air can be 
cooled to about 8°C. Al Ansary et al. [22] used a hybrid 
cooling system that consists of a mechanical chiller followed by 
an evaporative cooler to cool the inlet air of a simple GT in a 
hot-very dry climate, but such a system does not work in humid 
climates. Bassily [23] introduced an innovative exhaust-driven 
hybrid GTIAC technique of desiccant-refrigeration to the 
steam-cooled GT combined cycle (SCGTCC). The hybrid 
cooling systems of ejector-refrigeration or ejector-desiccant-
refrigeration can take advantages of the exhaust energy to 
significantly reduce the cooling load of the hot-humid air; thus, 
decreasing the capacity needed, capital and maintenance costs 
of the refrigeration compression cooling system, and its 
negative effect on the combined cycle efficiency (ηcc).  
Literature review has shown that the effect of To and relative 
humidity (RHo) on the combined cycle performance has not 
been thoroughly investigated and the NE-DH GTIAC systems 
of desiccant-ejector, ejector-refrigeration and desiccant-ejector-
refrigeration have not been applied or investigated for 
ACGTCC. The main originality of this work is as follows: 

• The effects of To and RHo on the performance of the 
air-cooled GT combined cycle and initial NOx 
emissions are investigated, presented and discussed 
with the impacts of many new parameters that have 
not been reported before. Such parameters are the 
moisture content of the inlet air, condenser pressure of 
the low-pressure steam turbine, and �̇�𝑚cablades. 

•  The NE-DH cooling systems of ejector-refrigeration, 
desiccant-ejector, desiccant-ejector-refrigeration are 
described and applied to the triple-pressure reheat air-
cooled 9HA GT combined cycle. 

 
2. DESCRIPTION OF THE TRIPLE-PRESSURE 
REHEAT INLET AIR-COOLED 9HA GT COMBINED 
CYCLES 
Fig. 1 shows a schematic diagram of the triple-pressure reheat 
air-cooled 9HA GT combined cycle with a refrigeration 
GTIAC system, which uses R134a as a refrigerant that was 
chosen for its, zero ODP, zero or low flammability, reasonable 
cost [24], and widely used in many large commercial cooling 
systems [25]. The refrigeration GTIAC system is explained in 
Ref. [23]. Fig. 2 shows a schematic diagram of the triple-
pressure reheat 9HA GT combined cycle integrated with an 
exhaust-driven hybrid GTIAC system. Fig. 3 shows the NE-DH 
GTIAC system of ejector-refrigeration. The ejector uses the 
refrigerant R123, which is chosen for its zero ODP, relatively 
low OEL and GWP, its safety features [26], acceptable 
generation pressures, and relatively high evaporation pressures, 
as well as relatively high COP and entrainment ratios at the 
possible generation temperatures [27] based on the available 
exhaust temperatures of the combined cycle. The refrigerant at 

 

 a superheated condition enters the refrigerant condenser at 5e 
where ambient water is used to condense the refrigerant, which 
has a mass flow rate of em . Some of the condensed refrigerant 
( )sem  at the outlet of the condenser at 6e enters an expansion 
valve where the secondary or entrained refrigerant with a mass 
flow rate ( )sem  expands to the evaporator pressure, exits at 7e, 
and enters the evaporator EVA1, where water at 6w is used to 
evaporate the refrigerant and exits EVA1 at a cooler 
temperature at 7w. The evaporator pressure is determined by 
the cooling load and is controlled by varying the cross sectional 
area of an expansion valve. The rest of the refrigerant (primary) 
with a mass flow rate ( )pem  at 6e is pumped to the ejector high-
pressure using a variable speed pump and enters the vapor 
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generator VG at 1e where the primary refrigerant is heated and 
boiled by the exhaust gas, which enters VG at 15g and exits at a 
much cooler temperature at 17g. The variable speed pump is 
used to raise the condenser pressure, which varies depending on 
ambient temperature to the generation pressure. The primary 
refrigerant at a high pressure and a saturated condition at the 
outlet of VG at 3e enters the ejector, expands through a 
convergent-divergent nozzle to a pressure that is lower than the 
evaporator pressure, choked at the nozzle throat, and exits at a 
supersonic velocity at 4e. The secondary refrigerant vapor at 
the outlet of EVA1 at 8e is sucked to the ejector by the 
combined effect of the very high momentum of the expanded 
primary refrigerant at the outlet of the nozzle and the pressure 
difference between 8e and 4e. The secondary refrigerant is 
choked before entering the mixing chamber. The primary and 
secondary refrigerant streams mix in a mixing chamber of a 
constant cross-sectional area at constant pressure and a normal 
shock is produced at the end of the mixing chamber, generating 
a compression effect, which raises the mixture pressure and 
reduces its velocity to subsonic. The mixed streams then enter a 
diffuser section where the mixture velocity decreases and its 
pressure increases further, reaching the condenser pressure at 
the outlet of the ejector at 5e. The 1-D model of the ejector 
performance at the critical mode operation (double choking) 
which was developed by Huang et al. [28] was applied to 
determine the mass flow rates of both the primary and entrained 
flows and hence the COP of the ejector system using the same 
values for the isentropic efficiencies and mixing coefficient. 
Huang et al. [28] validated the model by comparing the 
theoretical results of the model with the experimental results of 
11 ejectors of different sizes.  
 2.1 VALIDATING THE MODEL OF THE EJECTOR  
The results of the model using R141b refrigerant were checked 
by comparing the COP values with that of Dennis and Garzoli 
[29] and Bartosz and Kasperski [27] of the same refrigerant at 
the same values of the generator, condenser, and evaporator 
temperatures. A good agreement was found. Many researchers 
such as in Ref. [27] used the model to predict the performance 
of ejectors working with many different refrigerants. To apply 
the ejector inlet cooling for the combined cycle, the ejector has 
to be scaled for a much greater mass flow rate, which is 
possible since all equations of the model are dimensionless.  
Fig. 4 shows the variations of the pressure ratio (P/Pcon) and 
Mach number at different locations along the flow paths of the 
primary and secondary refrigerants through the ejector where 
Pcon is the condenser pressure. As the primary refrigerant flows 
through the convergent-divergent nozzle, Mach number 
increases and pressure decreases. The primary flow Mach 
number reaches a sonic value at the nozzle throat (TH) and 2 at 
the nozzle outlet (NO). The pressure ratio significantly 
decreases to 12.5% of its value at the nozzle inlet. The Mach 
number increases and pressure ratio decreases further up to 
Section “Y” where the primary flow begins to mix with the 
secondary flow. The Mach number of the secondary flow 
increases significantly to a sonic value at Section “Y”. Mixing 
occurs at constant pressure, but with exchange in momentum so 
that the primary flow Mach number decreases and secondary 
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flow Mach number increases up to the mixing point “M” where 
both flows have the same pressure and Mach number. Shock 
wave occurs at point “SH” where the mixture Mach number 
instantaneously and significantly decreases and the mixture 
pressure increases. Through the diffuser section, the mixture 
Mach number decreases and pressure increases further reaching 
the condenser pressure at the diffuser outlet “DO”. The 
variations of the pressures and Mach numbers through the 
ejector agree with that reported by Braimakis [30]. 
Fig. 5 shows a schematic diagram of the NE-DH GTIAC 
system of ejector-desiccant-refrigeration which combines the 
ejector and desiccant-refrigeration cooling. Desiccant cooling is 
explained in detail in Ref. [23]. The pressures, temperatures, 
and humidity ratio for the hot and process air at the exit of the 
desiccant wheel (DW) are determined using a simulation 
program for desiccant wheels developed by a desiccant 
manufacture [31]. Fig. 6 shows a schematic diagram of the NE-
DH GTIAC system of desiccant-ejector1, which is similar to 
that of desiccant-ejector-refrigeration except that there is no 
refrigeration cooling following ejector cooling and there is 
fogging cooling instead. Fig. 7 shows a representation of the 
desiccant-ejector cooling process at To of 40°C on the 
Psychrometric chart. First, the humidity ratio of ambient air at 
1a is significantly reduced as the air is heated and dried while it 
goes through the desiccant wheel and exits at 5a. The hot air at 
5a is cooled using ambient air at a constant humidity ratio as 
hot air goes through two cross-flow heat exchangers and exits 
at 7a. The cooled air at 7a is cooled further at a constant 
humidity ratio as it goes through the evaporator, EVA, of the 
ejector cooling cycle and exits at 8a. Air at 8a is cooled further 
in a process that goes at nearly a constant wet bulb temperature 
[32] as the air goes through a fogging nozzle system and exits 
at relative humidity of almost 100% and a cooler temperature 
of 20.8°C at 9a. The Psychrometric chart shows that if fogging 
or desiccant cooling were used instead of desiccant-ejector 
cooling, the outlet air temperature would be approximately 
28.5°C or 23.8°C, respectively, which means that ejector-
desiccant cooling is more effective than desiccant or fogging 
cooling. Modeling of the desiccant cooling system, components 
of the ejector cooling system, air compressor, GT, and HRSG is 
given in References [23], [33], [34], and [35]; respectively, 
where the assumed values for efficiencies, pressure drops, etc 
are referenced values and used to simulate a state-of-the-art 
technology air-cooled GT commercial combined cycle. Bassily 
[36] applied the described GTIAC techniques to the air-cooled 
GT combined cycle and compared the results of the same 
GTIAC methods with that of other researchers. 
3. GTIAC EFFECTS ON THE INITIAL NOX EMISSIONS  
In order to find the influence of GTIAC on the initial NOx 
emissions, Tad-fl has to be determined using the energy balance  
of the combustion process, which is accomplished in two 
stages. The first stage is complete combustion where chemical 
reactions are the fastest [37] and a stoichiometric amount of air 
and fuel are mixed and burned resulting in stable combustion.  
 
                                                 
1 Filed for patent on March 18, 2020 and protected by 
international treaties for patents. 

 Writing the balanced combustion equation for the first stage 
gives 

( )

( ) 22comb-i
wv

da
2

2comb-i
wv

da
224

N 52.7  OH   9.52  2  CO

OH 4.76  N 3.76  O2  CH

+







++→

→







+++

ω

ω

M
M

M
M

            

(1) 
where M and ω are for the molecular weight and humidity ratio, 
respectively. The subscripts da, wv, and i-comb are for dry air, 
water vapor, and at the inlet of combustor, respectively. Tad-fl 
can be found by applying the energy rate equation for the 
compositions of the combustion equation [32], which yields 
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∑ 𝑛𝑛ex𝑃𝑃 �ℎ�for0 + ∆ℎ��

ex
= ∑ 𝑛𝑛i𝑅𝑅 �ℎ�for0 + ∆ℎ��

i
   

                                                               (2) 
where n, 0

forh , and h∆  are the number of moles, specific 
enthalpy of formation in kJ/kmol, and the specific enthalpy 
difference between the specific enthalpy evaluated at Tad-fl for 
the products of combustion or that is calculated at the discharge 
temperature of the compressor for reactant air and the specific 
enthalpy that is determined at a datum temperature of 25ºC in 
kJ/kmol and the subscripts ex, i, for, P, and R are for exit, inlet, 
formation, products of combustion, and reactants, respectively. 
The initial NOx emissions in ppm (part per million) can be 
determined using an equation that was obtained by Visser and 
Levinsky [38] utilizing the experimental data for lean-premixed 
natural gas combustion so that 

𝑁𝑁𝑁𝑁x(ppm, 0% 𝑁𝑁2) = 8 × 10−5𝑒𝑒6.5×10−3𝑇𝑇ad−fl                                                 
(3) 

 
 where Tad-fl is in K. The second stage of the combustion 
process is quenching process where the combustion gas mixes 
with the remainder of the compressed air to reduce the mixture 
temperature to a final temperature that is close to turbine inlet 
temperature (TIT) and NOx emissions to a value that meets the 
environmental regulations [37]. The higher TIT is the higher  
 NOx emissions will be. Having lower initial NOx emissions 
will make it possible to achieve the required NOx emissions at a 
higher TIT.   
 4. RESULTS AND DISCUSSION  
Fig. 8 shows the effect of To on �̇�𝑚a, power output, ηcc, wcc, Tad-

fl, the initial NOx emissions, �̇�𝑚cablades and the condenser 
pressure of the low-pressure steam turbine for dry air of 
Regular cycle at TIT of 1700°C and a pressure ratio (rcom) of 
23. As To increases the air density at the compressor inlet 
decreases; thus, reducing �̇�𝑚a. Increasing To from 15°C to 45°C 
decreases 𝑚𝑚ȧ  by 9.5%. As To increases the compressor work 
input increases, which reduces wcc. Raising To increases the 
condenser pressure and significantly reduces the pressure ratio 
of the low-pressure steam turbine; thus, decreasing wcc further. 
Increasing To from 15°C to 47°C caused the condenser pressure 
to increase from 4 kPa to 21 kPa. Increasing To also increases 
the air temperature of the cooling air for GT blades and 
�̇�𝑚cablades; thus, reducing �̇�𝑚gexp and consequently wcc. 
Increasing To from 15°C to 45°C resulted in an increase of 8% 
in �̇�𝑚cablades. The figure shows that increasing To from 15°C to 
45°C reduces wcc by 9.6%. The decreases in wcc together with 
the increases in the compressor work input reduces ηcc. The 
reductions in both wcc and mass flow rate of air through the GT 
results in a decrease in power output. The figure shows that 
increasing To from 15°C to 45°C results in an efficiency 
decrease of about 3.5% and a power output reduction of almost 
18.2%. Such a decrease in power output is very comparable to 
the results figured by Jones and Jacobos III [5] of 
approximately 18%. As To increases the outlet air temperature  
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of the compressor (T i-com) increases, which slightly increases 
Tad-fl.  The initial NOx emissions is a very strong function of 
Tad-fl so that a slight increase in Tad-fl results in an increase  of 
45% in the initial NOx emissions as To increases from 15°C to 
47°C. 
Fig. 9 shows the effect of RHo on 𝑚𝑚ȧ , the initial NOx 
emissions, ηcc, Tad-fl, power output and wcc for Regular cycle at 
TIT of 1700°C and rcom of 23 and To of 35°C. The figure shows 
that RHo has a negligible effect on wcc and ηcc with variations 
of less than 0.4% in ηcc and 0.3% in wcc as RHo varies between 
0 and 100%. Since the density of water vapor is less than that 
for dry air, increasing RHo reduces the density of the dry air-

water vapor mixture and consequently decreases 𝑚𝑚ȧ . The 
decrease in 𝑚𝑚ȧ  was about 2% as RHo increases from 0 to 
100%. The reduction in both wcc and 𝑚𝑚ȧ  resulted in a decrease 
in power output of 2.4% as RHo increases to 100%. This study 
is at constant To, which is T i-com so that such drops in 𝑚𝑚ȧ  and 
power output are not an indicator that fogging and desiccant-
fogging GTIAC methods are not effective since these GTIAC 
techniques reduce T i-com and increase the density of the air 
mixture as a  result.  The specific heat of water vapor is about 
twice that of air at the temperature range of Tad-fl so that 
increasing RHo raises the moisture content and specific heat of 
the products of combustion, which slightly reduces Tad-fl and 
significantly decreases the initial NOx emissions. As shown in 
the figure, increasing RHo from 0 to 100% results in a Tad-fl 
decrease of only 4%, which drastically reduces the initial NOx 
emissions by more than 55% (see Eq. (3)). 
5. CONCLUSIONS 

A thorough analysis of the effect of increasing ambient 
temperature (To) and relative humidity (RHo) on the 
performance and initial NOx emissions of the triple-pressure 
reheat air-cooled gas turbine combined cycle (GTCC) is 
performed and showed new factors that affect the performance. 
Such new factors are the mass flow rate of air needed for 
cooling of the GT blades, condenser pressure of the low-
pressure steam turbine, and humidity ratio at the air compressor 
inlet. The following are the conclusions: 

1. Increasing To increases the cooling air mass flow rate 
for GT blades of the air-cooled GT; thus, decreases the 
mass flow rate of the expanded gas through the GT 
and both the specific work and power output. 

2. For dry air, increasing To slightly increases the 
adiabatic flame temperature and significantly raises 
the initial NOx emissions.  

3. Increasing To increases the condenser pressure of the 
low-pressure steam turbine and decreases its pressure 
ratio and the power output further. 

4. Increasing the humidity ratio at the air compressor 
inlet at the same inlet temperature reduces the initial 
NOx emissions and density of the dry air-water vapor 
mixture and consequently the air mass flow rate and 
power output. Increasing RHo from zero to 100% at To 
of 35°C resulted in drops in the initial NOx emissions 
of 55% and power output of 2.4%.  
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ABSTRACT 
For combined cycles, gas turbine (GT) inlet air-cooling 
increases the mass flow rates of the inlet air (�̇�𝑚i−com), 
expanded gas ��̇�𝑚gexp� and the generated steam of the heat 
recovery steam generator (HRSG) and hence power output. For 
a hot-humid climate, the regular cooling methods consume a 
significant amount of energy while desiccant and inlet-fogging 
are not effective. In this paper, the novel exhaust-driven hybrid 
(NE-DH) GT inlet air cooling (GTIAC) systems of desiccant-
ejector, ejector-refrigeration, and desiccant-ejector-refrigeration 
are applied to the air-cooled GT combined cycle (ACGTCC) 
and optimized for maximum power output. The results indicate 
that applying NE-DH GTIAC techniques results in gains in 
power, which vary between 0.31% and 0.6% per Celsius degree 
rise in ambient temperature (To)  and an efficiency 
improvement of up to about 0.5 percentage point and 
significant reductions in both capital and maintenance costs 
compared with applying the refrigeration GTIAC system.  A 
suggested plan for GTIAC that reduces NOx emissions by up to 
25% is presented.  
INTRODUCTION 
Increasing To raises the compressor work and as a consequence 
decreases both the specific work (w) and efficiency of the GT 
cycle. It also reduces the inlet air density of the GT, which is a 
constant-volume flow rate machine so that such a decrease in 
the air density results in a reduction in �̇�𝑚i−com and a further 
decrease in power output. Detailed analysis of the effects of 
varying To and relative humidity (RHo) on the performance and 
NOx emissions of the combined cycle was presented and 
discussed by Bassily [1].  
Applying GTIAC increases �̇�𝑚i−com by raising the inlet air 
density of the GT. Such an increase depends on the effects of 
reducing the temperature as well as pressure and the change in 
the moisture content at the air compressor inlet. Implementing 
GTIAC reduces the temperature of air and could decrease the 
moisture content at the compressor outlet. The decrease in air 
temperature at the compressor outlet reduces the adiabatic 
flame temperature (Tad-fl) and the initial NOx emissions, but the 
reduction in the moisture content decreases the specific heat of 
the combustion gas; thus, raises Tad-fl and the initial NOx 
emissions. Therefore, applying GTIAC affects NOx emissions. 
Despite that many advantages for GTIAC, there is a practical 
limiting inlet air temperature (IAT) of 7°C since ice crystals 
could form on the compressor blades and affect the compressor 

NOMENCLATURE 
M molecular weight  [kg/kmol] 
m mass  [kg] 
�̇�𝑚 mass flow rate  [kg/s] 
n number of moles  [mol] 
P pressure  [Pa] 
�̇�𝑄 rate of heat transfer [kW] 
r pressure ratio  
𝑅𝑅� universal gas constant  = 8.314 kJ/kmol 
RH relative humidity 
RLF refrigeration load factor, 
T temperature  [K or ºC] 
TIT gas turbine inlet temperature [°C] 
�̇�𝑉 volume flow rate  [m3/s] 
w specific work  [kJ/kg of gas] 
η efficiency  
ρ density  [kg/m3] 
ω humidity ratio  [kg water vapor / 

kg dry air] 
Subscripts 
ad-fl adiabatic flame 
airmix air mixture 
AR-
ecccycle 

air cooler of the ejector GTIAC combined cycle 

AR-
refrcccycle 

air cooler of the refrigeration GTIAC combined 
cycle 

ca cooling air 
cc combined cycle 
ccc cooled combined cycle 
com compressor 
con condenser 
con-
ecccycle 

condenser of the ejector GTIAC combined cycle 

con-
refrcccycle 

condenser of the refrigeration GTIAC combined 
cycle 

const constant  
da dry air 
eva evaporator 
eva-
ecccyle 

evaporator of the ejector GTIAC combined cycle 

eva-
refrcccycle 

evaporator of the refrigeration GTIAC combined 
cycle 

exh exhaust 
g gas 
gen generation 
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i-com at the inlet of the air compressor 
i-comb At the inlet of the combustor 
o environment or ambient 
rcc regular combined cycle 
se secondary for ejector 
wv water vapor 
Sub-Subscripts 
blades GT blades 
ccc cooled combined cycle 
exp expand through gas turbine 
i-com at the inlet of an air compressor 
New new data 
Previous previous data 
rcc regular combined cycle 
Abbreviations 
ACGTCC air-cooled GT combined cycle 
Desi-Eject desiccant-ejector  
Desi-Eject-
Ref 

desiccant-ejector-refrigeration 

DW desiccant wheel 
Eject-Ref ejector-refrigeration 
GT gas turbine 
GTIAC GT inlet air-cooling 
NE-DH novel exhaust-driven hybrid 
SCGTCC steam-cooled GT combined cycle 
VG vapor generator for a refrigerant 
Regular 
cycle 

the triple-pressure reheat air-cooled 9HA GT 
combined cycle  

Ref cooled 
cycle 

the triple-pressure reheat air-cooled 9HA GT 
combined cycle with the refrigeration GTIAC 
system  

Desi-Eject 
cooled 
cycle 

the optimized triple-pressure reheat air-cooled 
9HA GT combined cycle with NE-DH 
desiccant-ejector GTIAC system  

Desi-Eject-
Ref cooled 
cycle 

the optimized triple-pressure reheat air-cooled 
9HA GT combined cycle with NE-DH 
desiccant-ejector-refrigeration GTIAC system  

Ejector-Ref 
cooled 
cycle 

the optimized triple-pressure reheat air-cooled 
9HA GT combined cycle with NE-DH ejector-
refrigeration GTIAC system 

Desi-Eject-
Ref cooled 
cycle 

the optimized triple-pressure reheat air-cooled 
9HA GT combined cycle with NE-DH 
desiccant-ejector-refrigeration GTIAC system  

 
performance as a result of increasing air velocity when air 
enters the compressor and its temperature drops by up to 6 K 
[2]. At such a value for IAT, power output is a maximum, but 
in order to obtain the highest efficiency, IAT has to be between 
15°C and 18°C [3]. In this study, GTIAC is applied to reduce 
inlet air temperature to the ISO value of 15°C.   
Evaporative, inlet-fogging, mechanical compression, absorption 
and thermal energy storage cooling are the available methods 
for GTIAC, which have been investigated by many researchers. 
For a hot-humid climate, the cooling load is significantly 
heavier than that for a hot-dry or a warm-humid climate so that 
inlet-fogging is not effective to reduce the inlet air temperature 
(T i-com) and the regular cooling techniques of compression 
refrigeration and absorption cooling of greater capacities are 

needed, which have higher capital and maintenance costs and 
consume a significant amount of energy that affects both the 
power output and efficiency of the combined cycle. Ejector and 
desiccant cooling can take advantages of the exhaust energy 
and cool the inlet air with little effect on efficiency. An ejector 
cooling system has the advantages of being very simple and has 
much lower capital and maintenance costs when compared with 
that for an absorption cooling system. The exhaust energy and 
temperature for the combined cycle are much lower than that 
for the simple GT cycle; therefore, neither the exhaust-driven 
ejector cooling nor the exhaust-driven desiccant cooling will be 
able to reduce the inlet hot-humid air temperature to the 
required ISO value of 15°C. Accordingly, ejector and desiccant 
cooling systems have to be integrated with a refrigeration 
compression cooling system in a hybrid cooling system that can 
effectively decrease the inlet air temperature. The use of a 
hybrid cooling system to cool the GT inlet air is not new and 
was presented by many researchers. Bassily [1] has described 
and introduced the hybrid GTIAC systems of ejector-
refrigeration, desiccant-ejector and desiccant-ejector-
refrigeration to the ACGTCC. The hybrid cooling systems of 
ejector-refrigeration or ejector-desiccant-refrigeration can take 
advantages of the exhaust energy to significantly reduce the 
cooling load of the hot-humid air; thus, decreasing the capacity 
needed, capital and maintenance costs of the refrigeration 
compression cooling system, and its negative effect on the 
combined cycle efficiency (ηcc).  
The GT of the most advanced commercially-available 
combined cycles for three major manufactures, 9HA of GE [4], 
M501J of Mitsubishi Heavy Industries [5], and SGT5-9000HL 
of Siemens [6], are air-cooled only. Applying GTIAC for 
ACGTCC, decreases the mass flow rate of air needed for GT 
blade cooling ��̇�𝑚cablades� ; thus, increases �̇�𝑚gexp and power 
output. For steam-cooled GT combined cycle (SCGTCC) 
applying GTIAC does not influence the mass flow rate of steam 
needed for GT blade cooling so that the resulting increases in 
�̇�𝑚gexp and power output are less than that for ACGTCC. 
Therefore, applying GTIAC will have a greater influence on the 
power output of ACGTCC than that for SCGTCC.  
Literature review has shown that the NE-DH GTIAC systems 
of desiccant-ejector, ejector-refrigeration and desiccant-ejector-
refrigeration have not been investigated for ACGTCC. The 
main originality of this work is as follows: 
• The NE-DH cooling systems of ejector-refrigeration, 

desiccant-ejector, desiccant-ejector-refrigeration are 
applied to the triple-pressure reheat air-cooled 9HA GT 
combined cycle and optimized for maximum power output. 

• The performance of ACGTCC with the GTIAC system of 
refrigeration cooling is compared with that of ACGTCC 
with the NE-DH GTIAC techniques. The effects of varying 
both To at a constant value of humidity ratio of 0.02 (to 
simulate the weather data of Chon Buri city of Thailand [7] 
for To ≤ 33°C and Abu Dhabi, UAE for higher values of To 
[8] (hot and humid)) and RHo at a constant value for To of 
35°C on the performance of the cooled cycles and initial 
NOx emissions are presented, investigated and discussed.  
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2.  IMPACT OF GTIAC ON POWER OUTPUT 
The GT is a constant-volume flow rate machine so that the 
mass flow rate through the GT is given as 
�̇�𝑚i−com = �̇�𝑉const𝜌𝜌i−com = �̇�𝑉const

𝑃𝑃i−com
𝑅𝑅�

𝑀𝑀airmixi−com
𝑇𝑇i−com

                (1) 

where �̇�𝑚, M, P, 𝑅𝑅�, T, �̇�𝑉, ρ are the mass flow rate, molecular 
weight, pressure, universal gas constant, temperature, volume 
flow rate, and density; respectively. The subscripts airmix, i-
com, and const are for the dry air-water vapor mixture, at the 
compressor inlet, and constant, respectively. For the dry air-
water vapor mixture, the humidity ratio is defined as the mass 
ratio of water vapor to dry air so that for one mole of dry air, 
the molar ratio can be determined as 
𝑛𝑛wv
𝑛𝑛da

= 𝑚𝑚wv
𝑚𝑚da

𝑀𝑀da
𝑀𝑀wv

= 𝜔𝜔 𝑀𝑀da
𝑀𝑀wv

                                                         (2) 
where m, n and ω are the mass, number of moles and humidity 
ratio, respectively; and the subscripts da and wv are for dry air 
and water vapor, respectively. Therefore, the molecular weight 
of the dry air-water vapor mixture can be found from the 
following relation  
𝑀𝑀airmix = 𝑀𝑀wv(1+𝜔𝜔)

𝑀𝑀wv
𝑀𝑀da

+𝜔𝜔
= 𝑀𝑀wv(1+𝜔𝜔)

0.622+𝜔𝜔
                                              (3) 

Using Eq. (1), �̇�𝑚i−com can be determined as  
�̇�𝑚i−com = �̇�𝑉const

𝑃𝑃i−com𝑀𝑀wv(1+𝜔𝜔i−com)
𝑅𝑅�𝑇𝑇i−com(0.622+𝜔𝜔i−com)

                                    (4) 
and the ratio of the increase in power as a result of applying 
GTIAC is given as 
𝑃𝑃𝑃𝑃𝑃𝑃𝑃𝑃𝑃𝑃ccc
𝑃𝑃𝑃𝑃𝑃𝑃𝑃𝑃𝑃𝑃rcc

=
�̇�𝑚i−comccc𝑃𝑃ccc
�̇�𝑚i−comrcc𝑃𝑃rcc

=
𝑃𝑃i−comccc�1+𝜔𝜔i−comccc�𝑇𝑇i−comrcc�0.622+𝜔𝜔i−comrcc�𝑃𝑃ccc
𝑇𝑇i−comccc�0.622+𝜔𝜔i−comccc�𝑃𝑃i−comrcc�1+𝜔𝜔i−comrcc�𝑃𝑃rcc

                 (5) 

where the sub-subscripts ccc and rcc are for the cooled 
combined cycle and Regular cycle (without cooling), 
respectively. It is obvious that the ratio of the increase in power 
is a function of the specific work ratio �𝑃𝑃ccc

𝑃𝑃rcc
� and the ratios of 

temperature �
𝑇𝑇i−comrcc
𝑇𝑇i−comccc

�, pressure �
𝑃𝑃i−comccc
𝑃𝑃i−comrcc

�, and humidity 

ratio at the compressor inlet �
�1+𝜔𝜔i−comccc��0.622+𝜔𝜔i−comrcc�

�0.622+𝜔𝜔i−comccc��1+𝜔𝜔i−comrcc�
�. 

3. MODELING OF THE NE-DH EJECTOR-
REFRIGERATION GTIAC SYSTEM 
Assumptions for the combined cycle and the refrigeration and 
desiccant cooling systems are listed in Table 1, Tables 2 and 3 
of Ref. [9], where the assumed values are referenced values and 
used to simulate a state-of-the-art technology air-cooled GT 
commercial combined cycle. Assumptions for the ejector 
cooling systems are given in Table 1. Equations for the 1-D 
model of the performance of the ejector GTIAC technique are 
added to the equations of mass and energy balances for other 
components of the cooling systems and combined cycle, and 
that for thermodynamic properties to form a system of non-
linear equations. The data for the desiccant wheel (DW) are 
added to determine the power increases for Desi-Eject and  
Desi-Eject-Ref cooled combined cycles. Engineering Equation 
Solver (EES) [13] is used to evaluate thermodynamic properties 
and solve the system of non-linear equations simultaneously.  

4. OPTIMIZATION OF THE POWER OUTPUT FOR 
THE COMBINED CYCLE WITH THE NE-DH 
EJECTOR-REFRIGERATION GTIAC SYSTEM 

4.1 Optimization assumptions 
1. The minimum temperature of air at the inlet of the air 
compressor is 15°C [3]. 
2. The minimum and maximum temperatures of the exhaust for 
HRSG are 110°C and 130°C [14], respectively. 
3. The minimum temperature drop for the exhaust gas across 
the VG is 10 K and for an effectiveness of 90% for the vapour 
generator (VG) [10], the maximum generation temperature will 
be 11.1 K below the temperature of the exhaust gas (Texh). 
4.2 Optimization problem formulation 
Thermal optimization is usually performed on a preliminary 
design of a system while thermoeconomic optimization is 
carried out on an existing system where constraints can be 
imposed and cost can be accurately determined. For NE-DH 
GTIAC system of ejector-refrigeration, the design process at 
this stage is preliminary so that thermal performance of power 
output is selected as an objective function to be optimized. As 
the generation temperature, Tgen, increases the generation 
pressure, Pgen, and entrainment ratio increase, which means 
higher values of the mass flow rate for the secondary 
refrigerant, �̇�𝑚se, so that the cooling capacity increases and T i-

com decreases, which enhances power output; thus, Tgen is 
selected as an optimization variable. As the evaporator 
temperature, Teva, decreases the evaporator pressure, Peva, 
decreases; thus, raising the required Pgen and consequently Tgen. 
Reducing Teva allows T i-com to be decreased to a lower value. As 
Texh increases ηcc and wcc decrease and Tgen increases, which 
reduces T i-com and enhances power output. Therefore, Teva, Texh, 
and Tgen are selected as optimization variables. The 
optimization problem can be defined as  
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Maximize Power (Texh, Tgen, Teva) 
Subject to the following inequality constraints: 

130°C ≥ Texh ≥ 110°C 
Texh - Tgen ≥ 11.1 K 

Tgen > Tcon 
Tcon > To > Teva                                            (6) 

The objective function was optimized relative to the 
optimization variables at different values of To and RHo using 
the direct search and variable metric methods of EES. The 
inequality constraints were applied by setting the bounds on the 
constrained variables. Both methods are first order, widely used 
[15], available in EES, and were found to be suitable for 
optimizing an objective function of highly non-linear equations 
such as this system. The results of both methods were very 
close. Figure 1 shows a simulation flow chart of optimizing the 
power output of the air-cooled GT combined cycle with NE-
DH ejector-refrigeration GTIAC system at To and ωo. Methods 
of optimizing the combined cycle with the other NE-DH 
GTIAC systems are similar to that shown in Fig. 1. 
5. RESULTS AND DISCUSSION  
Fig. 2 shows the variations in ηcc and refrigeration load factor 
(RLF) with To for all combined cycles at TIT of 1700°C, a 
pressure ratio (rcom) of 23, and ωo of 0.02. RLF is defined as 
the ratio of refrigeration cooling load to the total cooling load 
of a hybrid refrigeration GTIAC system. It is clear that as To 
increases ηcc decreases for all cycles. The slopes of such 
declines vary. The smallest and greatest slopes are for Regular 

 and Ref cooled cycles, respectively. Desi-Eject cooled cycle 
has the highest efficiency at almost all values of To when 
compared with all cooled cycles, which is up to 1.0 percentage 
point higher than that for Ref cooled cycle, which has the 
lowest efficiency at all values of To. As To increases the 
cooling load increases and so does RLF for all optimized hybrid 
cooled cycles. The discontinuity point for the optimized 
ejector-refrigeration cooled cycle is where the condensation of 
water vapor in the humid air stops and the cooling process 
through the ejector results in air that is not saturated. It follows 
that the specific enthalpy of air at the outlet of the ejector 
increases in a decreased pace past the discontinuity point, 
leading to slight increases of RLF as To increases. Applying 
desiccant cooling dries air so that condensation of the humid 
inlet air never occurs for the hybrid cooling systems of 
desiccant.  Desi-Eject-Ref cooled cycle has the lowest RLF at 
all values of To and reaches a value of almost 0.5 at the highest 
value of To. Accordingly, the hybrid cooling system of 
desiccant-ejector-refrigeration is very effective in reducing the 
refrigeration cooling load, but since the exhaust gas of Desi-
Eject-Ref  
cooled cycle has a higher exhaust temperature of 130°C and the 
highest pressure drop for the HRSG of all cooled cycles, which 
both affect ηcc, Desi-Eject-Ref  cooled cycle has a lower 
efficiency than that for the other cooled cycles at many values 
of To. All the other cooled cycles have the same value of 110°C 
for Texh except Desi-Eject cooled cycle which has the same Texh 
of 130°C and a pressure drop for the exhaust gas of the HRSG 
as that for Desi-Eject-Ref cooled cycle.  
Fig. 3 shows the variations in ηcc and RLF with RHo for all 
combined cycles at TIT of 1700°C, rcom of 23, and To of 35°C. 
As RHo increases ηcc decreases for all cycles. Comparing ηcc of  
all cooled cycles, it is clear that Ref cooled cycle has the lowest 
efficiency and Desi-Eject cooled cycle has the highest 
efficiency at almost all values of RHo, which are up to 0.93 
percentage point higher than that for Ref cooled cycle. As RHo 
increases the cooling load increases and the gains in efficiency 
because of applying the hybrid cooling systems of Eject-Ref or 
Desi-Eject-Ref increase, reaching a value of 0.45 percentage 
point for Eject-Ref cooled cycle. The discontinuity point for the 
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hybrid cooling system of Eject-Ref is where condensation of 

 the water vapor content of the humid air begins for ejector 
cooling. The discontinuity point for the hybrid cooling system 
of Desi-Eject-Ref is where the condensation begins in the 
refrigeration cooling. For Desi-Eject-Ref cooled cycle and RHo 
< 0.55, the condensation does not occur during the cooling 
process. At the discontinuity point of RHo = 0.55, the 
condensation begins during refrigeration cooling. For RHo ≥ 
0.55, the cooling load significantly increases as RHo increases 
and so does RLF.  
Fig. 4 shows the variations in the power increase and air 
temperature at the compressor inlet (T i-com) with To for all 
cooled combined cycles at TIT of 1700°C, rcom of 23, and ωo 
of 0.02. Equation (5) shows that such a power increase is 

function of �
�1+𝜔𝜔i−comccc��0.622+𝜔𝜔i−comrcc�

�0.622+𝜔𝜔i−comccc��1+𝜔𝜔i−comrcc�
�, �

𝑃𝑃i−comccc
𝑃𝑃i−comrcc

�, 

�
𝑇𝑇i−comrcc
𝑇𝑇i−comccc

� and �𝑃𝑃ccc
𝑃𝑃rcc

�. For a constant value of ωo, the effect of 

the ratio of humidity ratios is almost negligible for all 
optimized hybrid ejector-refrigeration cooled cycles. For all 
cooled cycles, the pressure drops through the cooling devices 
are not significant to influence the ratio of pressures at the air 

compressor inlet �
𝑃𝑃i−comccc
𝑃𝑃i−comrcc

� so that its effect can be ignored. 

For Regular cycle, as To increases the work input to the air 
compressor increases, work output of the low-pressure (LP) 
steam turbine decreases, and �̇�𝑚cablades increases; thus, reducing 
�̇�𝑚gexp so that as To increases wcc decreases significantly [1]. 
Cooling of the inlet air reduces the compressor work and 
�̇�𝑚cablades; thus, increasing both �̇�𝑚gexp and GT output work. As 
To increases the cooling load of the cooling systems and work 
needed to achieve the required inlet temperature increase. The 
combined effect of all of the above-discussed factors is 
increasing the specific work ratio as To increases. As To 
increases the ratio of the air density at the inlet of the air 
compressor increases, which raises the ratio of the mass flow 

rates �
�̇�𝑚i−comccc
�̇�𝑚i−comrcc

�  that was expressed in increasing the 

temperature ratio, which together with the increase of the 

specific work ratio significantly enhance power output and the 
power gains for all cooled cycles as To increases. 

Comparing the power increases of all hybrid-refrigeration 
cooled cycles, it is clear that Eject-Ref and Ref cooled cycles 
have the highest and lowest power increases, respectively. The 
difference between the highest and lowest power increases is 
only 1.0% at most. Desi-Eject cooling system was not able to 
reduce T i-com to the required temperature of 15°C so that the 
power increase of Desi-Eject cooled cycle is the least and 
varies between 7.1% and 13.3% (0.31% per Celsius degree rise 
in To). The variations of the power increase with To are straight 
lines for all cooled cycles. The power increases for Ref, Eject-
Ref, and Desi-Eject-Ref cooled cycles were 0.566%, 0.586%, 
and 0.605% per Celsius degree rise in To, respectively. At To = 
27°C, Desi-Eject GTIAC system was able to reduce T i-com to a 
temperature of 14.6°C, but because of the effect of the higher 
humidity ratio at the inlet of the air compressor (see Eq. (5)), 
the power increase for Desi-Eject cooled cycle was slightly 
lower than that for all optimized hybrid ejector-refrigeration 
cooled cycles. As To increases the cooling load increases 
resulting in higher values of T i-com for Desi-Eject cooled cycle.   
Fig. 5 shows the variations in the power increase and T i-com for 
all cooled combined cycles with RHo at TIT of 1700°C, rcom of 
23, and To of 35°C. Increasing RHo has no effect on the 
temperature ratio of Eq. (5) and negligible effect on the specific 
work of Regular cycle [1]. As RHo increases the cooling load 
for all cooled cycles increases so that more work is required to 
achieve the needed air temperature at the compressor inlet; 
therefore, as RHo increases the ratio of specific work 
�𝑃𝑃ccc
𝑃𝑃rcc

� decreases. The ratio of humidity ratios of Eq. (5) has a 
dominant effect on the power increase. As RHo increases such a 
ratio increases and raises the power increase for all cooled 
cycles except that for Desi-Eject cooled cycle. As RHo 
increases Desi-Eject GTIAC technique becomes less effective 
in lowering T i-com so that T i-com increases with RHo increase 
leading to a decrease in the power increase for Desi- Eject 
cooled cycle as shown. For RHo ≥ 0.35, Desi-Eject cooled 
cycle has the least power increase. Eject-Ref cooled cycle has 
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 the highest power increase at almost all values of RHo. For 
RHo < 0.4, Desi-Eject cooling technique was able to reduce T i-

com to values that are lower than 15°C, but with an increase in 
the humidity ratio, which affects the power increase. 
Accordingly, the power increases for Desi-Eject cooled cycle 
were very close to that of the other hybrid-refrigeration cooled 
cycles for RHo < 0.4. Eject-Ref cooled cycle has the highest 
power increase and efficiency at almost all values of To and 
RHo, which are up to 1% and 0.5 percentage point higher in the 
power increase and efficiency, respectively, than that for Ref 
cooled cycle.  
Fig. 6 shows the variations in the ratio of the initial NOx 
emissions and suggested initial NOx emissions ratio with To for 
all cooled combined cycles at TIT of 1700°C, rcom of 23, and 
ωo of 0.02. The initial NOx emissions are the emissions that are 
produced at Tad-fl. The ratio of the initial NOx emissions is the 
ratio of the initial NOx emissions of a cooled GTICGT cycle to 
that of Regular Cycle. For Ref and optimized hybrid Eject-Ref 
cooled cycles, the introduced cooling techniques reduce T i-com 
to 15°C and ω i-com to about 0.01 at all values of To. The initial 
NOx emission that corresponds to these values is 1378 ppm, 
which is not affected by increasing To. For Regular cycle, as To 
increases the temperature of air at the combustor inlet (T i-comb)  
increases, raising both the adiabatic flame temperature (Tad-fl) 
and the initial NOx emissions [1]. Therefore, as To increases 
the initial NOx emissions ratio decreases reaching a value of 
0.87 (a reduction of 13%) at To = 47°C. For To < 36°C, the 
initial NOx emissions are lower for Regular cycle than that for 
Ref and optimized hybrid Eject-Ref cooled cycles because ω i-

com is higher for Regular cycle. Cooling of ambient air results in 
condensation of water vapor of the dry air-water vapor mixture 
at the air compressor inlet; thus, reducing ω i-com, which 
negatively affects the initial NOx emissions of the cooled 
cycles. For Desi-Eject cooled cycle, T i-com was higher than that 
for Ref and Eject-Ref cooled cycles, but because the humidity 
ratio at the compressor inlet (ω i-com) was also higher for Desi-
Eject cooled cycle, the initial NOx emissions were lower for 
Desi-Eject cooled cycle than that for Ref and Eject-Ref cooled 

 cycles. To obtain the lowest initial NOx emissions while 
cooling the inlet air, cooling has to undergo without decreasing 
ω i-com. For ωo = 0.02, the lowest initial NOx emissions can be 
obtained if T i-com was cooled to a temperature that is not lower 
than 25°C. In such a case, the initial NOx emissions can be 
reduced by up to 12% lower than if T i-com was cooled to 15°C as 
shown in the figure (suggested initial NOx emissions). 
Fig. 7 shows the variations in the initial NOx emissions and 
suggested T i-com for lower initial NOx emissions for all cooled 
combined cycles with RHo at TIT of 1700°C, rcom of 23, and To 
of 35°C. For Ref and optimized hybrid Eject-Ref cooled cycles, 
T i-com = 15°C and ω i-com = 0.01 so that the corresponding initial 
NOx emission is 1378 ppm. Increasing RHo does not affect 
such a value of the initial NOx emission. For Regular cycle, as 
RHo increases the specific heat of the combustion gas 
increases; thus, decreasing both Tad-fl and the initial NOx 
emissions. Therefore, as RHo increases the initial NOx 
emissions ratio increases from 0.8 to 1.35 at RHo = 0.9.  The 
Desi-Eject cooling technique reduces both T i-com and ω i-com, but 
still ω i-com increases with RHo increase resulting in an initial 
NOx emissions decrease with RHo increase. The decrease in ω i-

com causes the initial NOx emissions to be always higher for 
Desi-Eject cooled cycle than that for Regular cycle so that the 
initial NOx emissions ratio is higher than 1.0 for all values of 
RHo. The lowest possible initial NOx emissions can be obtained 
if cooling of the inlet air undergoes at a constant value of 
humidity ratio. The figure shows the lowest values of T i-com for 
cooling without any condensation of the water vapor content of 
the inlet air and the corresponding initial NOx emissions ratios. 
It is clear that the suggested T i-com is up to 15 Kelvin degrees 
higher than the ISO value of 15°C and the corresponding 
reduction in the initial NOx emissions ratio is up to 25%.  
. Table 2 compares the results of this study with the results 
obtained by other researchers. Considering that the previous 
studies were at different ambient conditions, the results of this 
study compare well with that of the previous ones that are 
shown in Table 2. As expected the power output gain resulted  

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 897 of 1061



    

 

 
from applying GT inlet cooling (12.1%) is higher for the air- 
cooled GT combined cycle than that for the steam-cooled GT 
combined cycle (10.6%). The reason for that could be the 
increase in �̇�𝑚gexp as �̇�𝑚cablades decreases when GTIAC is 
applied for the air-cooled GT combined cycle. For the steam-
cooled GT, applying GTIAC does not affect the mass flow rate 
of steam needed for the cooling of GT blades and slightly 
influences �̇�𝑚gexp through the steam-cooled GT.  
6. CONCLUSIONS 
The performance and initial NOx emissions of the air-cooled 
GT combined cycle (ACGTCC) that is inlet-cooled was 
presented and discussed. The following are the conclusions: 
1. Applying the optimized novel exhaust-driven hybrid (NE-

DH) ejector-refrigeration, desiccant-ejector-refrigeration, 
and desiccant-ejector GTIAC methods results in gains in 
power output of 0.586%, 0.605%, and 0.31, respectively 
per Celsius degree rise in To. Such gains increase with 
increasing RHo.  

2. The NE-DH ejector-refrigeration GTIAC seems to have 
the least capital and maintenance costs of all hybrid-
refrigeration cooling techniques with very good 
performance so that it is the most appropriate for hot-
humid climates. 

3. Applying GTIAC will result in a reduction in the initial 
NOx emissions if the cooling process undergoes with no 
condensation of water vapor for the dry air-water vapor 
mixture at the air compressor inlet.  

4. A suggested plan for GTIAC that reduces NOx emissions 
by up to 25% is presented.  
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ABSTRACT 
Development of Electrical Double Layer Capacitor (EDLC) 

based on graphene materials has shown tremendous potential in 

the recent years due to their high specific surface area, porosity, 

packing density, and conductivity. The performance of 

graphene-based EDLCs can be enhanced by using modified 

graphene geometries, including wrinkled, rippled, porous, and 

crumpled graphene, in conjunction with suitable electrolyte 

solutions.  In this paper, we have carried out molecular dynamics 

(MD) simulations to demonstrate the effect of different

electrolytes composed of Sodium Halides (F-, Cl-, Br-. I-) and

water on the performance of crumpled graphene-based EDLCs.

For the MD simulations, open-source software LAMMPS has

been used. We have applied the constant charge method in this

work along with the Lennard-Jones (LJ) potential model to

create the force field among the particles. Initially, the influence

of the variation of electrolytes on parameters such as number

density, charge density and EDL thickness is analyzed. The

thickness of the crumpled graphene based EDLC is found to be

about 40Å. More precisely, it increases from NaF to NaI

monotonically. Comparing various electrolytes, we notice that

the peak distance and peak value of charge density vary as a

result of the varying interatomic potentials. Our study reveals

that NaF electrolytes produce capacitance and conductivity

values that are greater than those of the other electrolytes. These

values of capacitance follow a pattern of gradual decrease from

14.964 μF/cm2 for NaF to 13.923 μF/cm2 for NaI, which

compared to recent studies, is significantly greater. When

different molar concentrations (0.1M, 0.5M, 1.0M and 2M) of

the electrolyte solutions are used, there is a fluctuation of specific

capacitance. The charge density applied at the electrode are

varied (0.002, 0.004 and 0.006 e/C-atom) which produces a

drastic increase in specific capacitance values from 2.153

μF/cm2  at 0.002 e/C-atom to 14.964 μF/cm2 at 0.006 e/C-atom.

We also found that varying the electrolytes has a notable but

minimal effect. The most significant effect is due to charge

variation where the curves are scaled up a fair amount each time

a change is made and they rarely overlap. The variation of

molarity has a substantial effect as well as it is changed at 5,10

and 20 times the initial value. The results are also in accordance

with this trend, as the highest specific capacitance value from our

study is in the 2M case, which is 15.84 μF/cm2.

INTRODUCTION 
As the world moves towards sustainable and clean energy, 

newer and better devices keep being innovated into existence. 

One such device used for energy storage is Electrochemical 

Supercapacitor (ES) or Supercapacitors, which is essentially the 

fusion between batteries and capacitors with characteristics from 

both worlds. Although supercapacitors possess high power 

density and long cycle life, they lack a high energy density, 

which limits their application. To address this obstacle, much 

effort has been spent to enhance the energy density of ESs [1,2]. 

Zhong et al. [3] suggest the exploration of novel structures and 

new concepts. Gogotsi et al. [4] recommend the creation of an 

authentic carbon structure with high effective surface area and 

high packing density in order to increase the specific capacitance 

value. Accordingly, we have used a relatively new structural 

form of graphene i.e., a crumpled graphene electrode with halide 

electrolytes, an uncharted combination until now. 

Graphene is a two-dimensional structure made up of individual 

layers of graphite. As a potential material for energy storage 

devices like Supercapacitors and batteries, graphene sheets have 

attracted interest due to their large specific area (2630 m2 g-1) [5]. 

By crumpling the graphene sheets, they form 3D structures 

instead of 2D ones, thus increasing the Solvent Accessible 

Surface Area (SASA) [6]. 

We have utilized Molecular Dynamics (MD) simulations in 

order to study our model. Studying the electrolyte characteristics 

were the main objective of our study. Our aim was to explore the 

effect of ion size, EDL structure and the “bell” or “U” shaped 

differential capacitance [7]. From the studies of Jiang et al.[8], 

we can observe that the thickness of IHL and OHL increases with 

ion size but no such trend can be deduced in the case of ionic 

number density. They have also found that water solvent plays a 

critical role in controlling capacitance values due to change in 

dielectric constant values. We have done similar studies by 

altering the surface charge of electrodes and tried to find its 

consequences. Our goal was to find the ideal value of surface 

charge acting on the supercapacitor setup as this was a new 

electrode-electrolyte union. 

Ion size plays a major role in the overall density profile 

characteristics, which means they influence the double layer 

structure near the electrode surface [9]. With increased 

concentration for NaCl and KCl electrolytes, Chowdhuri et al. 

[10] found that fraction of contact ion-pairs increases and solvent
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separated ion-pairs decreases. In accordance with these studies, 

we have selected different concentrations of electrolyte solution 

and studied their impacts on some of the system properties 

mentioned such as the number density, specific capacitance and 

EDL thickness. 

The surface charge and molar concentration have a 

fundamental role in controlling the characteristics of the 

electrolyte. We believe that it can help alter the changes 

necessary to concoct an ideal aqueous electrolyte solution that 

would perform better than the combinations reported in recent 

literature. 

METHODOLOGY 
Figure 1 depicts a typical system used for our MD simulation. 

A 25nm × 25nm graphene layer was converted into crumpled 

graphene in order to serve as the electrodes of our study [11]. A 

simulation supercell of 13.5nm × 14.2nm × 36.3nm was taken 

with periodic boundary conditions on the X and Y directions, and 

fixed boundary condition on the Z direction. Between the 

positive and negative electrodes, the gap (which is 5nm in 

thickness) was filled using a mixture of solvent water, sodium 

ions (Na+) and halide ions (X-, where X- = F-, Cl-, Br- or I-) which 

served as the electrolyte for the system. The density of water was 

taken as 1000kg/m3 at 1atm and 273K. 

Some newly developed MD simulation algorithms [12] 

provide a constant electric potential to electrodes, which is more 

realistic with electrochemistry experiment circumstances. 

Compared to the widely utilized constant surface charge 

approach, they are computationally intensive. In addition, recent 

investigations have demonstrated a minor difference between 

both techniques for modelling EDL structures, particularly at a 

low electric potential (2V) [13]. Therefore, the standard constant 

surface charge method was employed in this experiment. To 

apply charge to the electrodes, we assumed a theoretical intrinsic 

capacitance value of graphene (21μF/cm2 [14]) and electric 

potential window of 1Volts. This led us to the estimation of 

maximum 0.007125e/C-atoms, which is equivalent to 245 

 

 
Figure 1: A typical model of crumpled graphene-based 

supercapacitors for MD simulation. 

electrons on each graphene electrode (34,263 carbon atoms) 

of our simulation. So, a total of ± 205 electrons was imposed on 

each graphene electrode (corresponding to ±0.006e/C-atom). 

The injected charges were uniformly distributed across the 

graphene electrode’s carbon atoms. 

The TIP3P model was employed to simulate water molecules 

because, among the various water models, it reproduces the 

experimental dielectric constant of water most accurately. The 

SHAKE algorithm was used to maintain the rigidity of the water 

molecules [15]. In addition to the electrostatic forces, the 

Lenard-Jones (LJ) potential [16] was used to represent the van 

der Waals interactions between the ions, carbon atoms, and water 

molecules. The LJ parameters for the current study were taken 

from the reference [8] and [17]. Table-1 summarizes the LJ 

parameters and charges of each atom and ion used in this study. 

For determining the LJ potential parameters between different 

atoms and ions, the Lorentz-Berthelot mixing rule was applied. 

The simulation was carried out using LAMMPS with a 

timestep of 1fs. The van der Waals forces were cut off at 1.0nm, 

and the particle-particle particle-mesh (PPPM) algorithm was 

used to calculate the long-range Columbic interactions. The 

Berendsen thermostat was selected to regulate the temperature 

of the system. First, the temperature was increased from 298K to 

373K over a period of 10ps. It then was maintained at 373K for 

another 10ps before slowly going down from 373K to 298K. The 

NVT ensemble simulations were then run for 1.2ns at 298 K. The 

results from the last 100ps were used to determine at the EDL 

structures and capacitance of the system. We divided the 

channels into a series of bins (with a width of 0.5nm) along the 

direction (z). During the last 100ps of our MD simulations, the 

average number density of particles inside each bin was 

determined to represent the number densities ρ(z) of the 

corresponding particles. Integrating the following one-

dimensional Poisson equation will provide the resulting electric 

potential V(z). 

 

 
𝛿2𝑉(𝑧)

𝛿𝑧2
= −

𝑞(𝑧)

𝐴𝐺휀0

 (1) 

 

Table 1: LJ parameters and charge of atoms/ions used in this 

paper. 

Atoms 

or ions 

ϵ 

(Kcal/mole) 

σ  

(Å) 

Mass  

(gram/mole) 

Valence 

(e) 

O(TIP3P) 0.1554 3.16550 15.9994 - 0.834 

H(TIP3P) 0.0000 0.00000 1.0078 0.417 

Na+ 0.1301 2.35020 22.9898 +1 

F- 0.1800 3.11800 18.998 -1 

Cl- 0.1000 4.40000 35.50 -1 

Br- 0.1000 4.53900 79.904 -1 

I- 0.1000 5.16700 126.9 -1 

C 0.1200 3.29630 12.01 ±0.0456 
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where q(z) represents the total charge at distance z, AG is the 

cross-sectional area of the MD simulation, or the size of the 

graphene sheet, and ε0 denotes the vacuum dielectric constant. 

Integrating Equation (1) produces the potential V(z). For 

simplicity, we used an alternative equation (2) to calculate the 

potential at any point z, which is [18]: 

 

 𝑈𝑒𝑙𝑒𝑐𝑡𝑟𝑜𝑑𝑒(𝑧) =  
𝜎

휀
𝑧 −

1

𝜖
∫ (𝑧 − 𝑧′)𝜌(𝑧′)𝑑𝑧′

𝑧

0

 (2) 

 

Here, ε and 𝜌(z) represent the permittivity and charge density 

of electrolyte at position z respectively. If we have the potential 

profile, we can calculate capacitance using equation (3): 

 

 𝐶 =  
𝜎

𝑈𝑒𝑙𝑒𝑐𝑡𝑟𝑜𝑑𝑒

 (3) 

 1

𝐶𝑡𝑜𝑡𝑎𝑙
=

1

𝐶𝑎𝑛𝑜𝑑𝑒
 + 

1

𝐶𝑐𝑎𝑡ℎ𝑜𝑑𝑒
 (4) 

 

Here, σ is the surface charge density of the graphene 

electrode. Capacitance of anode and cathode are determined 

separately which are used in equation (4) to determine the total 

capacitance of the model. EDL thickness can be calculated from 

equation (5) [18]: 

 

 𝐸𝐷𝐿 𝑇ℎ𝑖𝑐𝑘𝑛𝑒𝑠𝑠 =
∫ 𝑧𝑁(𝑧 − 𝑧0)𝜌𝑖𝑜𝑛(𝑧)𝑑𝑧

𝑧1

𝑧

∫ 𝑧𝑁𝜌𝑖𝑜𝑛(𝑧)𝑑𝑧
𝑧1

𝑧

 (5) 

 

N is set to 1 for planar electrodes. Here, z is the position of 

the electrode whereas z0 is taken at 0Å. ρion is the charge density 

of the electrolyte. To explore the energy barriers, free energy was 

calculated by the following equation (6) [19]: 

 

 𝛥𝐹(𝑧) = −𝐾𝑏𝑇 𝑙𝑛
𝑛(𝑧)

𝑛(𝑏𝑢𝑙𝑘)
 (6) 

 

Here, Kb and T presents the Boltzmann constant and 

electrolyte temperature. n(z) and n(bulk) are the number density 

of ions. 

Some additional simulations were carried out using NaF 

(1M) and water mixture with the electrodes having a total charge 

of 0, ±69, ±137 and ±205 electrons (corresponding to 0, ±0.002, 

±0.004 and ±0.006 e/C-atom) respectively in order to evaluate 

the impact of various charging circumstances on EDL structure 

and capacitance values. We further carried out the simulation 

using different molarity values of 0.1M, 0.5M, 1M and 2M (with 

charge = 0.006e/C-atom) to find the effect of change of molarity 

on our results. Table-2 summarizes the particle numbers for 

different molarity cases: 

 

 

 

Table 2: Number of ions water molecules in one MD simulation 

supercell for different molarities 

Molarity of 

the 

electrolyte 

Na+ X- 
Water 

molecules 

0.1M 55 55 30000 

0.5M 250 250 30000 

1M 500 500 30000 

2M 1060 1060 30000 

RESULTS AND DISCUSSION 
Figure 2 shows the relative density profile of halide ions near 

the positive graphene electrode for 1M electrolyte solution under 

the charging condition of ±0.006e/C-atom.  

From the Figure 2, we can identify the peak regions at around 

10Å, 75Å and 150Å. Although usually similar simulations have 

density peaks closer to the electrode and less fluctuation at long 

distances [8], our simulation cell and electrode configuration is 

different from any previously explored cases and our simulation 

time might be shorter than the necessary value to get a more 

comprehensive output from the simulation model we have used. 

In this case, the highest peak value is obtained by NaF, at 

0.00015 ions/Å3. NaF is the smallest sized ion and thus can 

occupy more space within the electrode surface. The other halide 

ions follow this trend consecutively according to their size or 

atomic number. Bigger ions have smaller number density. Their 

molecular weight also has an impact as they move slower due to 

that compared to lighter ions. 

 

 
Figure 2: Relative density profile of halide ions ((F-, Cl-, Br- 

and I-) near the positive graphene electrode. 
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Figure 3: Relative density profile of water molecules with 

charging conditions ±0.002, ±0.004 and ±0.006 e/C-atom. 

 

The peak values in Figure 2 represent the build-up of 

negative ions caused by electrical interactions with the positively 

charged crumpled graphene electrode. In the Grahame model, 

the regions between the peaks and the electrode surface are 

considered as impact Helmholtz layers (HLs). Density 

fluctuations are seen between z = 0Å to around z = 150Å, which 

is the porous portion of the crumple graphene indicating that the 

negative ions have successfully entered the pore. After this 

portion, density values go down to the nominal density values in 

the bulk solution. Region up to this is known as the diffusion 

layer. Within this region, the density function shows an 

oscillatory behaviour with continuous exponential decay. 

Figure 3 shows the relative density profile of water molecules 

with different charging conditions under 1M electrolytic 

solution. A clear water layer absorption is seen near z = 155-

160Å, which is the end-point of the positively charged graphene 

electrode. Similar phenomenon is seen near the negative 

electrode too (z = 200-205Å). This is known as the first water 

layer [20]. The hydrophobic surface of graphene is thought to be 

responsible for the development of this layer, which may be 

linked to the disruption of a continuous hydrogen-bonding 

network by that surface. However, a small presence of water 

molecules is also seen between the porous portions of the 

electrodes (where z < 155nm or, z > 205nm). This demonstrated 

that some water molecules have also entered into the pores of 

both electrodes. It is important to note that, the varied electrolyte 

ions had no discernible effect on the numerical density of the first 

water layer. Consequently, only the findings of electrolytes 

containing Na+ and F– with different charging conditions are 

shown in figure 3. 

It is also evident from the density profiles that, all of the 

halide ions have formed Helmholtz layer (HL), but the inner and 

outer Helmholtz layers are not clearly visible. This may be due  

 
Figure 4: Radial distribution function of F- ions (1M) at 

different charging conditions. 

 

to the complex structure of the crumpled graphene, 

influencing the ions to form oscillatory density peak inside the 

porous portion of the electrode. Furthermore, F- has the highest 

density peak contributing more to its capacitance value than 

others. This has been possible due to its smaller size, smaller 

mass, and higher electron affinity.   

Applying different surface charges to graphene electrodes 

significantly changes the EDL structure. Figure 4 shows the 

radial distribution function of halide ions for different charging 

conditions. As the surface charge increases, we can see a clear 

increase in number density as ions are highly attracted to the 

higher initial surface charge created on the graphene. In case of 

the 0.002 e/C-atom, there is only one peak near the electrode. 

The other two cases have density peaks at different points and 

two significant peaks. This may also be attributed to the lower 

value of surface charge applied initially. Moreover, the initial 

density values for the F- ion are also following the same trend as 

it is highest for 0.006 0.002 e/C-atom and lowest for 0.002 e/C-

atom. For the other scenario shown in Figure 5, charge is kept 

constant and molarity is altered. In this case, we can see an 

unexpected occurrence as the first peak is higher for 0.5 M NaF 

and second peak is higher for 1 M NaF. This phenomenon is 

possible due to the repulsion between anions coming in contact 

near the graphene electrodes. We can assume that the radial 

density has an ideal concentration value, which enables the 

highest accumulation of ions in the electrode vicinity. Highly 

concentrated solutions have more charged ions and they cause 

ion-ion repulsion near the electrode surface that causes ions to 

disperse within the electrolyte solvent and move further away 

from the electrodes. This causes them to accumulate in the region 

further from the electrode. In the more dilute case, there are not 

enough ions for them to cause repulsion between them when they 

are close to each other. For 1 M and 0.5 M cases, there is a third 

peak, which is necessary to balance the charge between electrode 

and electrolyte. 
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Figure 5: Radial distribution function of F- (0.006 e/C-atom) 

ions at different molarities. 

 
Figure 6: Position dependent free energy barrier. 

 

The parameter “Free Energy” can explain the position 

corresponding to the highest accumulation of ions near the 

electrode surface. In Figure 6, we can see that NaI has the highest 

peak and NaCl has the lowest peak among the ions. The peak 

values can be found near 4Å. However, the simulation cannot 

conclusively determine the position of highest charge density as 

it is necessary to simulate the system for a longer time to find 

that. As NaI has the largest ions, it contains the lowest hydration 

energy among the group of ions. NaF contains the highest 

hydration energy. However, it has a very high electronegativity 

and thus polarity has an effect in its free energy.  NaF has lower 

electron affinity compared to NaCl and this plays a pivotal role 

in the characteristics of free energy. Therefore, NaCl has the 

lowest value of free energy among the group. 

Results of the study have been summarized in Table 3, 4 and 

5. Table 3 shows the results of using different halide ions as 

electrolyte. Here we can see a monotonic increase in the EDL 

thickness values from 38.667Å to 40.4080Å.Conversely, the 

values of Specific capacitance are decreasing gradually from 

14.964 μF/cm2 to 13.923 μF/cm2 for NaF and NaI respectively. 

Table 4 presents the effect of different charging conditions on 

the result. In case of this variation we can identify changes 

similar to the previous one as the EDL thickness and specific 

capacitance change in reverse trend. Here, a drastic change is 

observed in the specific capacitance values as 0.002 and 0.004 

e/C-atom have a similar output but for the 0.006 e/C-atom case, 

we get a relatively high value of 14.964 μF/cm2. Table 5 

represents the effect of change of molarity on EDL thickness and 

specific capacitance. This case is different from the previous 

ones as EDL thickness and specific capacitance both are 

increased for the increased molarity cases. EDL thickness 

increases from 36.123Å to 43.418Å in case of 0.1M to 2M 

concentration while the corresponding specific capacitance 

values are also increased from 12.59 μF/cm2 to 15.84 μF/cm2. 

 

Table 3: Specific capacitance and EDL thickness of crumpled 

graphene when paired with different electrolytes. 

Electrolyte EDL thickness(Å) 
Specific 

Capacitance(μF/cm2) 

NaF 38.667 14.964 

NaCl 38.8291 14.483 

NaBr 39.6167 14.165 

NaI 40.4080 13.923 

 

Table 4: Specific capacitance and EDL thickness of crumpled 

graphene when paired with NaF electrolyte and different 

charging conditions. 

Charing condition EDL thickness(Å) 

Specific 

capacitance 

(μF/cm2) 

0.002e/C-atom 46.475 2.153 

0.004e/C-atom 38.850 4.132 

0.006e/C-atom 38.667 14.964 

 

Table 5: Specific capacitance and EDL thickness of crumpled 

graphene when paired with NaF electrolyte of different 

molarities. 

Molarity EDL thickness(Å) 

Specific 

capacitance 

(μF/cm2) 

0.1M 36.123 12.59 

0.5M 43.009 13.45 

1M 43.363 14.964 

2M 43.418 15.84 
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CONCLUSION  
In this study, we have carried out MD simulations in order to 

model a supercapacitor with crumpled graphene electrode and 

aqueous electrolytes. Our focus was on surface charge and 

molarity variation of different types of sodium halide ions. The 

modifications were done for NaF ions only as they were the best 

performing electrolytes among the ones studied by us. Other ions 

will possibly give similar results. However, we have decided to 

explore them in the future. We have found that these 

modifications in the electrolyte cause the capacitance values to 

change. Case in point, there was a drastic change in capacitance 

in case of surface charge variation where increasing charge to 3 

times the initial value increased capacitance to 7 times the former 

value. We have, however, not found a massive change in the 

capacitance values due to changes in molarity or the variation of 

electrolyte ion size or type. Hydration had an impact in the 

overall energy and capacitance value which is evident from the 

curves. We have compared our measured capacitance with other 

works and found that these are 3-5 times greater than recent 

studies. We can attribute this to the crumpled graphene electrode 

and its available surface area which enables more ions to 

accumulate on the surface. Another implication of this structure 

is that we could not clearly define the Helmholtz layers as they 

were obscured by the oscillatory nature of the layer formed in 

this case. Our study will be helpful for future MD simulation 

studies related to crumpled graphene sheets and aqueous or other 

form of electrolytes. 
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ABSTRACT 
Thermal energy storage is an essential component of solar 

thermal energy to extend operation after sunset or during 
inclement weather.  Crushed rock is one of the cheapest forms of 
energy storage, but fully three-dimensional flow and heat 
transfer through packed beds of irregular particles is poorly 
understood.  In this work, particle characterization, with a view 
of finding a characteristic particle shape and size that mimics the 
behaviour of crushed rock is described.  Bricks and ellipsoids 
were the most promising shapes.  This is followed by pore-scale 
computational fluid dynamics simulations of a small bed 
generated with a discrete element code.  Our results point to 
discernable difference in the pressure drop as the orientation of 
the particles to the mean flow direction changes, and 
consequently, the coefficients in the Ergun equation should be 
tensors, rather than constants to capture this effect. 

INTRODUCTION 
There is a drive to divest from fossil fuels and increase the 

uptake of renewable energy to meet the worlds energy demand 
[1].  Countries in the sun belt can benefit from the abundant solar 
radiation they receive.  This radiation can be converted into 
electricity either using solar photovoltaic (PV) or concentrated 
solar thermal (CSP) power.  Current development favour’s PV, 
but a larger penetration of renewable energy onto a country’s 
electricity grid would require some form of storage.  Whilst large 
scale battery storage is a popular research topic, thermal energy 
storage by comparison is quite mature.  Price parity is likely to 
be restored is both PV and CSP are to be fitted with several hours 
of full load energy storage [2]. 

Of all the CSP technologies, parabolic trough is by far the 
most mature technology.  However, the concentration ratio’s that 
can be achieved with central receiver plant is about an order of 
magnitude higher.  This allows for higher maximum 
temperatures in the heat engine cycle, and consequently higher 
thermal efficiency.  Most of the new development on the CSP 
front is aimed at central receiver systems. 

Existing central receiver systems use either steam or molten 
salt as heat transfer fluid.  In the case of molten salt, the 
maximum cycle temperature is limited by the temperature above 
which the salt degrades; for direct steam cycles, it is the high 
pressure at the receiver that is challenging.  Solarized Brayton 
cycles are attractive as the only temperature limit is imposed by 
(construction) materials.  The potentially high temperatures that 
can be reached, and the possibility to combine it with a 
bottoming Rankine cycle can lead to cycle efficiencies well 

above what can be achieved with a Rankine cycle alone, as in the 
direct steam or molten salt systems. 

One way of combining the Brayton and Rankine cycles, is to 
use the waste heat from the gas turbine to charge a rock bed 
thermal energy facility when the Brayton cycle is running during 
the day.  The energy accumulated in the bed can be discharged 
at night to generate steam for the Rankine cycle.  Crushed rock 
is attractive as storage medium, as it has a high thermal capacity, 
it is inert, relatively cheap, and widely available.  The downside 
is that the pressure drop through a packed bed of crushed rock 
can be large, limiting the depth of the bed.  Allen [3] estimated 
that a bed 7 m deep requires a footprint of 62 m × 62 m to serve 
a 50 MWe power plant. 

For an isotropic resistance, one would expect the air to take 
the shortest distance between the inlet and outlets through the 
bed.  However, for an anisotropic bed, the path of least resistance 
might dictate flow patterns more like those shown in figure 1 
below.  Crushed rock particles are clearly flattened in one 
direction, and when poured, tend to settle with their flat faces 
pointing upwards, leading to a higher flow resistance in the 
vertical direction than in the other directions.  This phenomenon 
was confirmed experimentally by [3 - 5]. 

Figure 1.  Expected flow through a packed bed of crushed rock 
particles. 

Furtz et al [6] did a comprehensive review of the pressure 
drop, heat transfer and chemical reactions in a packed bed, using 
pore-scale computational fluid dynamics (CFD). 

Approximating crushed rocks as ellipsoids with the same 
volume equivalent diameter and aspect ratio as rocks, went some 
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way towards explaining the anisotropic nature of flow through 
rock beds [5].  However, the pressure drop predicted for 
ellipsoids is about 50 % lower than that for the crushed rock 
particles they try to mimic [4].  In this work, brick shaped 
particles were investigated as possible representations for 
crushed rock. 

 

NOMENCLATURE 
 

A [m2] Area 
CD [-] Drag coefficient 
D [m] Diameter 
I [m] Intermediary axis 
L [m] Length 

Long axis 
P [Pa] Pressure 
S [m] Short axis 
R [m2K/W] Interfacial thermal resistance 
T [K] Temperature 
x [m] Cartesian axis direction  
y [m] Cartesian axis direction  
z [m] Cartesian axis direction  
 
Special characters 
∆ [-] Difference 
ε [-] Porosity 
φ [-] Roundness  
ψ [-] Sphericity 
   
b [m] Half y directional dimension of rectangular cooling insert 
ε [-] Relative E% value in terms of maximum E%   
γ [-] Ratio between thermal conductivities of cooling insert 

and the heat-generating medium 
 
Subscripts 
I  Intermediate axis 
L  Long axis 
S  Short axis  
ve  Volume equivalent 

PARTICLE CHARACTERIZATION 
Crushed rock is widely used in the construction industry.  

Elongated (LL/LI > 3) and flat (LI/LS > 3) particles both have 
undesirable mechanical properties for construction applications 
[7].  No specific criteria for particle shapes have been laid down 
for thermal energy storage, but we’ll follow the broader 
guidelines set by the construction industry.  In this work, the 
intermediary axis length LI is replaced by the volume equivalent 
particle diameter.  About 5 % of the particles are elongated 
(LL/Dve > 2; the construction industry caps it at 3) and 10 % of 
the particles are flat (Dve/LS > 2; about 1 % of the particles have 
a flatness > 3).  Less than 2 % of the particles are elongated and 
flat.  Allen [3] showed that dolerite rock withstands temperature 
cycles between 350 °C and 550 °C without showing any 
evidence of cracking.  As a result, dolerite is imminently suited 
for high temperature thermal energy storage. 

A truckload of crushed dolerite rock, passing through a 
75 mm sieve, but retained on a 53 mm sieve, was obtained from 
a quarry.  A sample of 254 particles were measured, by firstly 
weighing the particles, and then taking image projections in three 
orthogonal directions, and high-resolution 3D scans [8].  The 
image processing software, Image-J [9], outputs the area, 

perimeter, minimum bounding box and Cox’s circularity, φ for 
each projected particle image.  According to Bagheri et al [10], 
the arithmetic mean of Cox’s circularity for three orthogonal 
projections is a good approximation of the 3D particle’s 
sphericity, allowing one to calculate the surface area of the 
particle from 

𝐴𝐴𝑝𝑝 = 𝜋𝜋𝐷𝐷𝑣𝑣𝑣𝑣2

𝜓𝜓
,𝑤𝑤𝑤𝑤𝑤𝑤ℎ   𝜓𝜓 = 𝜙𝜙� … (1) 

The result from one of the 3D scans is shown in figure 2.  
From these scans, the surface area and volume of each particle 
are known.  That allowed us to calculate the sphericity of the 
particles and the material density of dolerite directly.  Comparing 
the 2D protocol to the 3D scans, errors in sphericity range from 
-16.0 % to +7.5 %, with an average error of -3.7 %.  The main 
attraction of the 2D protocol is that it is fast, use readily available 
equipment (a mobile phone camera) and free software. 

 
Figure 2.  Scanned image of a crushed rock particle. 

 
Most particles fall in the 50 – 65 mm equivalent spherical 

diameter range, with a mean of 53 mm as shown in figure 3.  The 
average elongation and flatness of all the particles in the sample 
are 1.465 and 1.623 respectively.  Following the lead of others, 
we opted for an ellipsoid with the same equivalent diameter and 
aspect ratio as representative particle in earlier work [11]. 
 
Table 2.  Comparison of mean particle parameters of crushed 
rock particles and approximate shapes. 

 Crushed 
rock 

Ellipsoid Brick 

LL [ mm ] 80.5 78.1 63.0 
LI [ mm ] 55.2 53.6 43.2 
LS [ mm ] 34.0 33.0 26.6 
Area [ mm2 ] 11 235 9 687 11 491 
Sphericity 0.779 0.892 0.748 
Roundness 0.631 0.422 0.329 

 
Ellipsoids capture the bounding box and roundness of real 

particles well, but overpredicts sphericity.  The sphericity of 
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brick shaped particles is closer to that of the rocks, but it fails to 
capture the bounding box (solidity) or roundness of rock 
particles correctly. 
 

 
Figure 3. Measured particle size distribution for crushed 

dolerite particles. 

 
NUMERICAL SIMULATION 
 
Discrete element modelling 

We used discrete element modelling to construct randomly 
packed beds of brick-shaped particles with help from a 
commercial discrete element modelling (DEM) code, Rocky 4.  
Particles were dropped from a hopper into a spherical cage, to 
allow us to do subsequent (CFD) simulations for a wide range of 
flow directions.  The cage radius is Rc = 12𝐿𝐿√3, with L the cross-
sectional side length of the wind tunnel used in our experiments.  
The DEM code considers gravity, normal contact, and frictional 
forces acting on particles [12], and outputs the position vector 
and orientation of each particle.  We followed the suggestions 
made by [13] to calibrate our DEM model to gain computational 
efficiency without sacrificing accuracy.  The cage is filled to 
overflowing, and the transfer of kinetic energy from the falling 
particles to the packed bed allows for proper filling of the cage 
and partial compacting of the bed. 

The porosity of one of the beds, including the wall effect, was 
40.97 %.  This value is in fair agreement with the porosities 
reported for packed beds of crushed rock particles (41 – 47 %) 
[3], spheres (39 %) [14] and ellipsoids (38 %) [11].  Minor 
changes in porosity are obtained by varying the height of the 
hopper height above the bed, and by small offsets in the hopper 
position in a horizontal plane relative to the centroid of the bed. 
 
Computational fluid dynamics 

A default particle was created in the solid modelling software 
ANSYS SpaceClaim.  The particle position and orientation data 
file created in Rocky is first cleaned up to eliminate particles 
whose centroids fall outside the cage, and then read via a Python 
script into SpaceClaim.  The scripts also rotate the particle in 
place, and then translate to its final position.  The process is 
repeated until all the particles are created in SpaceClaim.  Next, 
we created a box, 6Dve × 6Dve square, and about 6Rc long to 

represent a section cut from the centre of the wind tunnel.  By 
rotating this box by a predetermined azimuthal and elevation 
angle, we can replicate multiple flow directions using the same 
DEM input.  In the experiments, it is the cage that is rotated.  By 
subtracting the particles from the box volume, what remains is 
the voids between particles, and a free run leading up to the 
packed bed, and a downstream section that allows the velocities 
to settle down.  Since we want to compare our CFD simulations 
with our experimental data, the wall affected zone is not 
removed, as it is present in the experiments. 

We followed the suggestions of Dixon et al [15] to build 
meshes for packed beds.  Particles were shrunk by 2 % to avoid 
contact points, and the base (triangular) mesh size was chosen as 
Dve/50.  An inflation layer, 1 layer deep, was prescribed on the 
surfaces of the particles, and a stair-stepping approach was 
followed when inflation layers from two neighbouring particles 
threaten to overlap.  Notwithstanding, 0.0025 % of highly 
skewed cells with orthogonal quality below 0.01 are created 
where particles are either touching or in very close proximity to 
each other.  If smoothing the mesh in ANSYS Fluent does not 
lead to significant improvement, meshing parameters are 
adjusted and the domain re-meshed until an acceptable mesh is 
created.  The tetrahedral meshes are converted to polyhedral 
meshes in Fluent to decrease the cell count and increase the mesh 
quality. 
 

 
Figure 4.  Cut-away view of mesh inside the domain. 

 
A constant velocity boundary condition is prescribed at the 

inlet.  This can be justified by the fact that the wind tunnel is 
equipped with a bell-mouth at the inlet, and that the CFD model 
corresponds to a section down the middle of the wind tunnel.  
Symmetry boundaries are prescribed on the sides of the domain.  
This is an approximation, since neither symmetry, nor periodic 
boundary conditions apply to the packed bed itself.  In the bed, 
one can expect flow to cross these boundaries.  Domain 
sensitivity studies for ellipsoidal particles has shown that the 
pressure drop across the bed for a 6Dve × 6Dve section does not 
deviate significantly from that for an 8Dve × 8Dve section.  A 
pressure outlet boundary is prescribed at the domain outlet; the 
outlet is far enough downstream of the bed that back flow 
through this boundary was not reported for the converged 
solutions.  A no-slip boundary condition was prescribed at the 
particle surfaces. 

The minimum hydraulic Reynolds number based on the voids 
is defined as 

𝑅𝑅𝑅𝑅𝑝𝑝 = 𝜌𝜌𝑉𝑉𝑠𝑠𝐷𝐷𝑣𝑣𝑣𝑣
𝜇𝜇(1−𝜀𝜀)

 … (2) 
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that could be achieved in the experiments is about 2 000.  As 
a result, the flow was modelled as fully turbulent flow, using the 
shear stress transport k-ω turbulence model.  The average wall 
y+ values for a superficial velocity of 1 m/s is 5.2, with a 
maximum of 17.3.  We do not expect y+ to have a significant 
influence on the results, since the pressure drop is dominated by 
inertial effects, such as changes in direction, acceleration and 
deceleration as it meanders through the bed.  Our simulations 
span superficial velocities in the range 0.25 m/s ≤ Vs ≤ 5 m/s, or 
1 450 ≤ Rep ≤ 29 000. 

Second order upwind differencing were used for all 
variables, with the coupled scheme for pressure-velocity 
coupling.  Solutions were terminated after 5 000 iterations.  By 
1 500 – 2000 iterations, the residuals for the continuity equation 
dropped to 𝒪𝒪(10-4), 𝒪𝒪(10-5) for the velocity components and 
𝒪𝒪(10-3) for k and ω.  No further reduction in the residuals is seen 
beyond about 2 500 iterations.  The pressure drop across the 
domain serves as our key performance indicator, is monitored.  
After about 2 500 iterations, it reaches a constant mean value and 
fluctuates about this mean by σ/µ ≤ 0.25 %.  Comparisons 
between CFD and experimental results are based on the averaged 
pressure drop across the domain. 

Verification and Validation of results 
Model verification was limited to a mesh independence 

study, and a domain independence study.  For the mesh 
independence study, the simulation was repeated on three 
different meshes, namely δ = Dve/15 (coarse mesh), δ = Dve/25 
(medium mesh) and δ = Dve/50 (fine mesh).  These ratios apply 
to the surfaces of the particles; the mesh is allowed to grow to 
the same cell size in the empty domains upstream and 
downstream of the packed bed section. The difference in 
predicted pressure drops for the medium and coarse meshes was 
0.4 %, and that between the fine and medium meshes 0.1 %.  The 
results show that the discretization error is decreasing, and the 
grid convergence index, defined by [16] 

𝐶𝐶𝐶𝐶𝐶𝐶 = 𝐹𝐹𝑠𝑠
(Δ𝑃𝑃𝑖𝑖+1−Δ𝑃𝑃𝑖𝑖)

(𝑟𝑟𝑝𝑝−1)Δ𝑃𝑃𝑖𝑖
   𝑤𝑤𝑤𝑤𝑤𝑤ℎ 𝐹𝐹𝑠𝑠 = � 3 𝑓𝑓𝑓𝑓𝑓𝑓 𝑤𝑤 = 1

1.25 𝑓𝑓𝑓𝑓𝑓𝑓 𝑤𝑤 = 2 … (3) 

Our grid convergence index is 0.67 % between the coarse and 
medium meshes, and 0.33 % between the medium and fine 
meshes.  Since we used second order discretization schemes 
throughout, p = 2 in our case.  For unstructured meshes, the 
refinement ratio can be based on cell count [17] 

𝑓𝑓 = �𝑁𝑁𝑖𝑖+1
𝑁𝑁𝑖𝑖
�
1 3⁄

 … (4) 

for three dimensional problems. 
The side walls of the domain are neither solid walls, 

symmetry planes or periodic boundaries.  Their effect on the 
pressure drop was evaluated using a domain with cross section 
4Dve × 4Dve (small domain), 6Dve × 6Dve (medium domain) and 
8Dve × 8Dve (large domain).  The pressure drop across the domain 
changed by 0.8 % between the medium and small domains, and 
by 0.3 % between the medium and large domains.  Considering 
the relatively small change in the predicted pressure drop 
between the medium and large domain and our hardware 

constraints, all subsequent simulations used the fine mesh and 
medium domain. 

Extensive validation for simulation of ellipsoidal particles 
has been done previously [4, 11].  Evidence that the CFD 
simulation for ellipsoids are in good agreement with its 
experimental counterpart is presented in figures 5 and 6.  We did 
not do additional testing with the brick shaped particles, but we 
believe that following the meshing philosophy proposed by [15], 
using a similar domain and boundary conditions, out CFD results 
is good enough to compare the performance of bricks with that 
of ellipsoids as representative shapes for crushed rock particles. 

DISCUSSION OF RESULTS 
The simulation data for brick shaped particles are compared 

against the experimental data of [3] for crushed rock particles, 
and that of [4] for ellipsoidal particles, as well as CFD results for 
ellipsoidal particles [11].  For all three data sets, the volume 
equivalent diameter and aspect ratios of the particles are the 
same, but their sphericity is different.  The ellipsoids and bricks 
are monodispersed, whilst the crushed rock particles range in 
size as indicated in figure 3.  All the data is benchmarked against 
a modified Ergun equation that includes sphericity, given by [18] 

∆𝑃𝑃
𝐿𝐿

= 150 𝜇𝜇𝑉𝑉𝑠𝑠(1−𝜀𝜀)2

𝜓𝜓2𝐷𝐷𝑣𝑣𝑣𝑣2 𝜀𝜀3
+ 1.75 𝜌𝜌𝑉𝑉𝑠𝑠2(1−𝜀𝜀)

𝜓𝜓𝐷𝐷𝑣𝑣𝑣𝑣𝜀𝜀3
 … (5) 

Equation (5) is plotted as a slid line in figures 5 and 6. 
 

 
Figure 5. Friction factors for horizontal flow through domain 

 
The modified Ergun equation predicts pressure drops close 

to those that were measured experimentally for horizontal flow 
through the bed. The friction factor predicted for horizontal flow 
through a packed bed of bricks by CFD simulations is about 
70 % higher than that for ellipsoids (using the ellipsoids as 
reference), but still 30 % lower than the experimental 
measurements (using the bricks as reference when calculating 
percentages).  The improvement is encouraging, but slightly 
higher than what one would expect from 

Δ𝑃𝑃𝑏𝑏𝑏𝑏𝑖𝑖𝑏𝑏𝑠𝑠
Δ𝑃𝑃𝑣𝑣𝑒𝑒𝑒𝑒𝑖𝑖𝑝𝑝𝑠𝑠𝑣𝑣

∝  
�𝐶𝐶𝐷𝐷0 (1−𝜀𝜀)2⁄ �𝑏𝑏𝑏𝑏𝑖𝑖𝑏𝑏𝑏𝑏𝑠𝑠
[𝐶𝐶𝐷𝐷0 (1−𝜀𝜀)2⁄ ]𝑣𝑣𝑒𝑒𝑒𝑒𝑖𝑖𝑝𝑝𝑠𝑠𝑣𝑣

= 51 % … (6) 

Equation (6) is roughly in-line with the submerged particle 
model proposed by Di Felice [19].  CD0 is the drag coefficient for 
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a single particle in a free stream.  Deviations are to be expected, 
as particles in a randomly packed bed are not exactly align with 
the main flow direction. 

 
Figure 6. Friction factors for vertical flow though domain 

 
For vertical flow, the pressure drop predicted for bricks is 

lower than that for ellipsoids.  Both shapes give results 
comparable to the modified Ergun equation, but the pressure 
drop measured experimentally for crushed rock is almost twice 
as high. 

A closer inspection of the DEM data reveals that the average 
angle between the particle’s flat face and the velocity vector for 
vertical up flow peaks at about 45° for bricks, compared to about 
25° for the ellipsoids, as shown in figure 7.  The flat faces of the 
bricks most likely provide a more stable base, and the bricks are 
less likely to land on their flat sides.  Consequently, the bricks 
offer a wedge-shaped profile to the flow, and consequently 
experience a lower pressure drop. 

 

 
 
The experimental results shows that there is a strong 

directional effect on flow direction on pressure drop, and both 
sets of simulations were able to capture the correct trend.  Since 
the modified Ergun equation contains only dimensionless 
parameters like constant coefficients, the porosity of the bed or 
the sphericity of the particles, fluid properties and a spherical 

equivalent diameter, it cannot discriminate between vertical and 
horizontal flow.  Therefore, [11] suggests the replacement of the 
constant coefficients by a coefficient matrix. 

CONCLUSION  
 

CFD simulations were performed to predict the pressure drop 
across randomly packed beds of brick-shaped particles.  The 
bricks have the same volume equivalent diameter and aspect 
ratio as the crushed dolerite rock that they represent, but a 
different sphericity and roundness.  The results were compared 
to experimental results for crushed rock, and a modified form of 
the Ergun equation that includes the sphericity of the particles.  
It is also compared against our previous work, that adopted 
ellipsoidal particles as represented of crushed rock.  The volume 
equivalent diameter and aspect ratio of the rocks, bricks and 
ellipsoids are the same. 

For horizontal flow, the pressure drop across the randomly 
packed bed was higher than that for the ellipsoids, but still lower 
than the crushed rock data.  The difference in pressure drop is 
approximately in-line with what one would expect from an 
emerged particle approach.  The modified Ergun equation and 
crushed rock yield comparable pressure drops. 

However, when the flow is vertically upwards through the 
bed, the pressure drop for the bricks is lower than that over a 
packed bed of ellipsoids.  This trend contradicts the difference in 
pressure drop between bricks and ellipsoids predicted by the 
emerged particle model given in equation (6).  We expect that 
the bricks have a more stable base on their narrowest side 
compared to the ellipsoids, and as a result, they do not pack down 
with their flat faces pointing upwards.  This hypothesis is 
supported by our DEM simulation.  The modified Ergun 
equation also underpredicts the pressure drop by almost 50 % 
(using the pressure drop across the crushed rock as reference for 
calculating the percentage difference). 

Both bricks and ellipsoids captured the directional effect of 
the pressure drop through the bed, but both shapes underpredict 
the pressure drop over packed beds of crushed rock.  The 
modified Ergun equation gives fair results compared to the 
crushed rock, but fails to predict the directional effect suggested 
by the experimental data.  At this stage, the bricks offer no clear 
advantage above ellipsoids, and we do not recommend its use.  
We were able to explain the apparent anomaly in the data for the 
vertical direction.  However, we plan to confirm (or disprove) 
our current results experimentally. 
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ABSTRACT 

The use of supercritical carbon dioxide (sCO2) power cycles 

for concentrated solar power (CSP) applications is becoming 

increasingly attractive since these cycles may offer lower capital 

costs and increased thermal efficiency. However, there are 

currently no utility-scale sCO2-CSP tower plants in operation. 

Therefore, to aid in the design and analysis process, there is a 

need to develop sufficiently accurate and computationally 

inexpensive dynamic models for such plants. 

This paper presents a one-dimensional thermofluid network 

approach to model the external cylindrical central receiver for a 

sCO2-CSP plant. The model makes use of a coarse discretization 

procedure which reduces the computational cost relative to CFD 

models, but still captures all the relevant thermofluid 

phenomena. The receiver geometry is discretized along the 

height and around the circumference and each increment is 

represented by an equivalent thermal resistance network. The 

resistance network is calibrated using a detailed computational 

fluid dynamics model. The calibrated model allows the 

maximum tube wall temperatures to be calculated within 0.2% 

of the CFD model. 

The overall model also solves the mass, energy, and 

momentum balance equations for the heat transfer fluid inside 

the tubes to determine the mass flow, pressure drop and 

temperature distributions. The solar heat flux profiles incident on 

the receiver were produced using SolarPILOT. The model is 

validated by comparing the results with plant data for the Solar 

Two plant. The model results for the overall heat transfer are 

within 5% of real-plant data for eight cases covering a range of 

different operational conditions.  

The model may be used in future studies where sCO2-CSP 

tower plants are investigated, especially those with an interest in 

the maximum tube metal temperature of the central receiver.  

INTRODUCTION 

Concentrated solar thermal power (CSP) tower plants is one 

of the most researched forms of renewable energy technologies. 

This is because CSP tower plants, aside from plants using battery 

storage, is the only renewable energy technology with proven 

energy storage capabilities [1]. Furthermore, CSP tower 

technologies are predicted to produce more than 10% of the 

world’s energy supply by 2050 [2].  

NOMENCLATURE 

Standard characters 

A [m2] Area 

Cp [J/kg] Heat capacity 

e [-] Emissivity 

h [W/m2K] Heat transfer coefficient 

k [W/mK] Thermal conductivity 
L [m] Length 

Q [kW] Heat transfer 

R [K/W] Equivalent thermal resistance 
T [K] Temperature 

Special characters 
σ [W/m4K] Stefan Boltzmann constant 

Subscripts 
amb [-] Ambient 

b [-] Back facing in relation to radiation 

bb [-] Most back facing in relation to radiation 
c [-] Central 

cc [-] Cross conductive 

cd [-] Conductive 
cv [-] Convective 

f [-] Front facing in relation to radiation 

fc [-] Forced convection 
ff [-] Most front-facing in relation to radiation 

i [-] Inner  

nc [-] Natural convection 
o [-] Outer 

rad [-] Radiative 

s [-] Surface 
surr [-] Surrounding 

t [-] Tubular 

In such plants, the sun’s rays are concentrated onto a solar 

receiver (SR) situated at the top of a central solar power tower 

(SPT) using mirrors (referred to as heliostats). A heat transfer 

fluid (HTF), typically molten salt, is pumped through the SR to 

absorb the sun’s energy. Excess salt is heated during the day and 

stored in the hot salt tank (HST) so that electricity can be 

produced in times of lower solar irradiation. 

Currently one of the most discussed topics in literature is the 

combination of CSP technology and the supercritical Carbon 

Dioxide (sCO2) Brayton cycle. The sCO2 cycle is attractive due 

to its high cycle efficiency and lower capital cost due to the 

smaller size of turbomachinery, compared to Rankine cycle 

plants of the same capacity. This has led to the cycle being 

considered a leading candidate for the third generation of CSP 

plants [3].  
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The United States Department of Energy (DoE) has set a goal 

in the SunShot Initiative to increase the turbine inlet temperature 

of CSP tower plants to over 700°C [3]. This will mean using the 

sCO2 Brayton cycle as well as increasing the outlet temperature 

of the HTF flowing through the SR. The increased HTF outlet 

temperature will lead to higher tubular metal temperature and 

therefore higher thermal stresses in the SR.  

The increased HTF outlet temperature means robust 

computational models of the SR need to be built to model not 

only heat transfer, but also variations in tubular temperature. The 

shortage of experimental and plant data for SRs also means that 

detailed SR models need to be developed to analyse off-design 

conditions. This, including the fact that SR systems cost 

approximately 19% of the total capital outlay of a CSP tower 

plant [4], highlights the importance of investigating the thermal 

performance of SRs. 

The two most common solar receiver types are the external 

cylindrical receiver and the cavity receiver, shown in Figure 1. 

Both receivers consist of headers which split into multiple tubes 

coated in solar absorbent material. Cavity receivers were widely 

used in first generation CSP tower plants, such as the Solar One 

pilot plant run by the DoE. However, the second generation of 

solar CSP tower plants have used external cylindrical receivers. 

The National Renewable Energy Laboratory (NREL) suggest 

that external receivers are the most advanced technology and 

research should be focused on perfecting these receivers rather 

than the design of new types of receivers [3]. 

The steady-state analysis and dynamic simulation of tubular 

receivers is a topic of research with increasing interest. Many 

approaches may be used to model these receivers. However,  

three-dimensional (3D) computational fluid dynamics (CFD) 

models, and 1D thermofluid network models are mostly used. 

The latter is gaining popularity as it is computationally less 

expensive when compared to CFD modelling [2].  

Conroy et al. [5] conducted a review of steady-state 

modelling of tubular receivers. In their review, they note that 

semi-empirical (network) models are favoured in recent 

literature. Network methods are similar to numerical methods 

where a mesh of elements is used. However, the models differ 

from CFD because empirical correlations and analytical 

equations are used to solve boundary conditions rather than the 

Navier-Stokes equations. This modelling technique significantly 

reduces solving time when compared to purely numerical 

models. 

Rodriguez-Sanchez et al. [6] used a variety of modelling 

techniques for tubular receivers. The simplified discretized 

models took only axial variations in heat flux into account. This 

model was compared with a more complex model which took 

both axial and circumferential variations in heat flux into 

account, as well as a CFD simulation performed in Ansys Fluent. 

It was found that the simplified model underestimated the 

maximum tubular wall temperature by over 200°C compared to 

both the more complex model and the CFD results. The complex 

model agreed well with the CFD results. However, it consists of 

a large overall network due to the number of tubes modelled and 

the amount of discrete circumferential elements (37). 

Conroy et al [2] also found that the circumferential variations 

in heat flux need to be taken into account. This means that a pure 

1D modelling approach is not sufficient to capture the complex 

phenomena taking place within the solar receiver’s tube network. 

This is specifically important in modelling the tubular 

temperature, as higher tubular temperatures drive creep damage 

in the tubes, leading to a reduced life cycle for the SR.  

de Meyer et al. [7] explored the use of a thermal resistance 

model accounting for radiative, convective and reflective losses 

on the outside of the SR tubes. While the results are promising, 

the model does not take circumferential variation in heat flux into 

account.  

Tascioni et al. [8] explored using a thermal resistance 

network to estimate the 1-D performance of a Linear Fresnel 

Reflector CSP plant. The model was found to predict the heat 

transfer into the HTF and the tubular wall temperature more 

accurately than previous models. 

Rousseau and Laubscher [9] developed a network-based 

model using equivalent thermal resistances to model a 

pulverized coal membrane wall. In principle, a SR and a 

membrane wall function in a similar manner since both use a 

network of tubes to absorb a radiative flux (from burning coal in 

a membrane wall and from magnified solar irradiance in a SR) 

to heat a working fluid within the tube. This means that SRs and 

membrane walls can be modelled in a similar manner. In 

Rousseau and Laubscher’s paper it was shown that an equivalent 

thermal resistance network model can predict the maximum wall 

temperature to within 5% of the detailed CFD model. 

This paper proposes a new one-dimensional thermofluid 

network approach to model the external cylindrical solar receiver 

for a sCO2-CSP plant. 

MODEL DEVELOPMENT 

The model needs to meet the following requirements: 

• Account for the layout of the tube network and the variations 

in heat flux and temperature along the height and around the 

circumference of the SR.  

• Predict position and magnitude of the maximum temperature 

of the tube material with sufficient accuracy. 

• Predict the heat transfer into the HTF (salt) within the tubes 

with sufficient accuracy. 

• Account for the radiative, convective, and reflective losses to 

the surroundings. 

Figure 1 a) External Cylindrical Solar Receiver b) 

Cavity Solar Receiver, taken from [13]. 
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• Achieve reasonable computational times compared to 

existing modelling techniques. 

The overall model consists of a network of representative 

tube increments connected in series and parallel as required to 

emulate the actual HTF pipe layout around the SR.  Although 

variations in heat flux along the height and around the 

circumference of the SR is accounted for, the heat flux is 

assumed to be uniform along the length and across the width of 

any single tube increment. Also, the heat conduction along the 

length of the tube increment is assumed to be negligible 

compared to the radial and circumferential conduction. This 

means that each representative tube increment is effectively 

reduced to a two-dimensional (2D) geometry, and due to 

symmetry only half of the tube needs to be considered. To 

determine the maximum tube metal temperature, each of these 

representative tube increments isdiscretized in the radial and 

circumferential directions. 

A key question in the development of the thermal network  

for a single tube increment is what the required level of 

discretization should be. The need to predict the maximum tube 

metal temperature with sufficient accuracy implies that the 

temperature distribution around the circumference on the outer 

surface of each tube must be determined. This could require a 

large number of increments in both the radial and circumferential 

directions.  However, the requirement of obtaining reasonable 

computational times will not allow a large number of increments.  

Therefore, it was decided to employ a rather coarse 

discretization, but one that still captures all the relevant 

thermofluid phenomena, and then calibrate it using results 

obtained from a more detailed CFD model.    

Figure 2 illustrates the proposed representative half tube 

geometry.  

The half tube is discretised into five sectors. These are: 𝑓𝑓 - 

the most front facing sector of the front wall, f – the rest of the 

front wall, c – the central sector facing perpendicular to the 

impinging radiation, bb – the most back facing sector of the back 

wall, and b – the rest of the back wall. The refractory wall behind 

the tubes is assumed to be a perfectly insulated and therefore also 

reflective surface. The subscripts i and o represent the inner and 

outer surfaces of the tube respectively. 

The corresponding equivalent thermal resistance network is 

shown in Figure 3. Note that each discretised sector is 

represented by various thermal resistances accounting for 

radiative heat transfer (rad), convective heat transfer (cv), and 

conductive heat transfer (cd) respectively. 

The radiative thermal resistance is 

𝑅𝑟𝑎𝑑 =
1

ℎ𝑟𝑎𝑑𝐴𝑠.𝑜
 (1) 

where 𝐴𝑠.𝑜 is the outer surface area as shown in Figure 4, and 

ℎ𝑟𝑎𝑑 is the effective radiative heat transfer coefficient given by 

ℎ𝑟𝑎𝑑 = 𝐹𝑣𝑖𝑒𝑤𝑒𝑡𝜎(𝑇𝑡𝑜
2 +𝑇𝑠𝑢𝑟𝑟

2 )(𝑇𝑡𝑜
+ 𝑇𝑠𝑢𝑟𝑟)   (2) 

 𝐹𝑣𝑖𝑒𝑤  is the view factor, 𝑒𝑡 the emissivity of the tube and 𝑇𝑡𝑜
 

is the outer temperature of the tube. 𝑇𝑠𝑢𝑟𝑟 is the bulk temperature 

of the surrounding atmosphere and space which absorbs the 

radiative losses. 

The convective thermal resistance between the outer surface 

of the tube and the ambient air, 𝑇𝑎𝑚𝑏  is 

𝑅𝑐𝑣.𝑜 =
1

ℎ𝑐𝑣.0𝐴𝑠.𝑜
  (3) 

where ℎ𝑐𝑣.𝑜 is the combined heat transfer coefficient for natural 

and forced convection on the outside of the tube given by 

Figure 3 Equivalent thermal resistance network. 

Figure 4 Schematic of discretised areas. 

Figure 2 Discretized half-tube geometry 
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ℎ𝑐𝑣 = (ℎ𝑛𝑐
3.2 + ℎ𝑓𝑐

3.2)
1/3.2

  (4) 

where ℎ𝑛𝑐 is the heat transfer coefficient for natural convection 

which is a function of the Rayleigh, Prandtl and Nusselt numbers 

as per [10]. ℎ𝑓𝑐 is the heat transfer coefficient due to forced 

convection (wind) which is also a function of the Reynolds, 

Prandtl and Nusselt numbers as per [10].  

The conductive thermal resistance between the outer surface 

of the tube and the midpoint of the tube wall is given by 

𝑅𝑐𝑑.𝑜 =
𝐿𝑐.𝑜

𝑘𝑡 𝐴𝑠.𝑚𝑒𝑎𝑛
  (5) 

where 𝐿𝑐.𝑜 is the length between the outer and middle nodes, as 

shown in Figure 5. 𝐴𝑠.𝑚𝑒𝑎𝑛 is the mean surface area of the inner 

and outer surfaces 𝐴𝑠.𝑖 and 𝐴𝑠.𝑜, and 𝑘𝑡 is the thermal 

conductivity of the tube material. 

The conductive thermal resistance between the inner surface 

of the tube and the midpoint of the tube is 

𝑅𝑐𝑑.𝑖 =
𝐿𝑐.𝑖

𝑘𝑡𝐴𝑠.𝑚𝑒𝑎𝑛
  (6) 

where 𝐿𝑐.𝑖 is the length between the inner and middle node as 

shown in Figure 5. 

The conductive thermal resistance in the circumferential 

direction between the nodes situated at the midpoint of the tube 

wall is given by 

𝑅𝑐𝑐 =
𝐿𝑐𝑐

𝑘𝑡.𝐴𝑐𝑟𝑜𝑠𝑠
  (7) 

where 𝐿𝑐𝑐  is the circumferential distance between nodes as 

shown in . Across is the cross-sectional area as shown in Figure 4. 

The convective thermal resistance between the inner surface 

of the tube and the average salt temperature is given by  

𝑅𝑐𝑣.𝑖 =
1

ℎ𝑐𝑣.𝑖.𝐴𝑠.𝑖
  (8) 

where 𝐴𝑠.𝑖 is the inner surface area as shown in Figure 4.  ℎ𝑐𝑣.𝑖 is 

the inner convective heat transfer coefficient calculated as 

ℎ𝑐𝑣.𝑖 =
𝑁𝑢.𝑘𝑠𝑎𝑙𝑡

𝐷𝑖/2
  (9) 

where 𝑁𝑢 is the Nusselt number found using the Dittus Boelter 

correlation [10] and 𝐷𝑖  is the inner diameter of the tube. 

SOLUTION METHOD 

The equivalent thermal resistance network for a single tube 

increment consists of 15 unknown temperature nodes and 

therefore requires the simultaneous solution of 15 independent 

equations.  The network is analogous to an electrical resistance 

network by treating temperatures as voltages, thermal resistances 

as resistances, and heat transfer as current. Kirchhoff’s Current 

Law (KCL) is therefore employed and the net current into each 

node should add up to zero. 

Taking node 𝑓𝑓. 𝑜 as an example leads to equation 10, which  

provides the general equation format for each node: 

𝑄𝑟𝑎𝑑.𝑛𝑒𝑡.𝑓𝑓 −
𝑇𝑓𝑓.𝑜−𝑇𝑓𝑓

𝑅𝑓𝑓.𝑜
−

𝑇𝑓𝑓.𝑜−𝑇𝑠𝑢𝑟𝑟

𝑅𝑓𝑓.𝑟
−

𝑇𝑓𝑓.𝑜−𝑇𝑎𝑚𝑏

𝑅𝑓𝑓.𝑐𝑣.𝑜
= 0  (10) 

The heat absorbed by the molten salt, 𝑄𝑠𝑎𝑙𝑡 ,  is found using 

the sum of the heat transfer between the inner nodes of the tube 

and the average temperature of the molten salt as follows: 

𝑄𝑠𝑎𝑙𝑡 =
𝑇𝑓𝑓.𝑖−𝑇𝑠𝑎𝑙𝑡

𝑅𝑓𝑓.𝑐𝑜.𝑖
+

𝑇𝑓.𝑖−𝑇𝑠𝑎𝑙𝑡

𝑅𝑓.𝑐𝑜.𝑖
+

𝑇𝑐.𝑖−𝑇𝑠𝑎𝑙𝑡

𝑅𝑐.𝑐𝑜.𝑖
+

𝑇𝑏.𝑖−𝑇𝑠𝑎𝑙𝑡

𝑅𝑏.𝑐𝑜.𝑖
+

                                              
𝑇𝑏𝑏.𝑖−𝑇𝑠𝑎𝑙𝑡

𝑅𝑏𝑏.𝑐𝑜.𝑖
  (11) 

The salt temperatures at the inlet and outlet of the discretised 

tube section is then calculated using an energy balance using 

Equation (12). 

𝑇salt.𝑖+1 = 𝑇salt.𝑖 +
𝑄salt.𝑖

𝑚𝑠𝑎𝑙𝑡̇  𝐶𝑝
  (12) 

Similarly, the total heat losses due to radiation to the 

surrounding environment are found by summing the heat 

transfers between the outer tube surface nodes and the 

surrounding temperature. The total heat lost due to convection is 

found by summing the heat transfers between the outer tube 

nodes and ambient air surrounding the receiver. 

The model solution was implemented in a Python program 

employing the standard SciPy optimize.fsolve function to solve 

the resulting set of simultaneous equations. 

MODEL CALIBRATION 

Due to the lack of real-plant data, the calculated 

circumferential temperature distribution around the tube cannot 

be verified using empirical data. Therefore, a CFD model was 

developed in Ansys Fluent and used to calibrate the network 

model. The calibration essentially entails the determination of an 

appropriate division of the front tube wall between the sectors 

𝑓𝑓 , 𝑓 and 𝑐, with the sectors 𝑏 and 𝑏𝑏 linked to it to obtain an 

axially symmetric layout. 

The computational domain for the CFD model is shown in 

Figure 6. Although the representative tube geometry is 

effectively reduced to a 2D problem, it was convenient to model 

a one meter length of tube in 3D.  The model contains an air 

domain and tube domain as shown. The top, bottom and sides of 

the air domain are symmetry boundaries and the impinging 

radiation is specified as a wall flux boundary condition. The 

refractory wall is also a symmetry boundary since it represents 

an adiabatic surface. 

Figure 5 Schematic of thermal resistance lengths. 
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The salt flow inside the tube is not modelled explicitly. 

Instead, a wall boundary condition with a specified free stream 

temperature and convective heat transfer coefficient is specified. 

The appropriate value for the convective heat transfer coefficient 

was determined using the Dittus Boelter correlation [10]. 

The CFD model employed the Surface-to-Surface radiation 

model where the view factors are pre-calculated from the 

geometry. The specification of a heat flux boundary effectively 

results in a given temperature at the flux inlet surface, which in 

turn results in thermal radiation being projected from the wall 

and impinging onto the tube surface. 

For calibration the average salt temperature and radiation 

heat flux were used as independent variables. A data set 

containing 10 samples were generated to cover the two-

dimensional input variable space using Latin hypercube 

sampling (LHS) available in the PyDOE design of experiments 

library. The CFD model was the used to simulate each of the 10 

cases and the calculated maximum tube temperatures were 

recorded for each case. 

Table 1 Fluent calibration 

Salt 

temperature 

(°C) 

Flux 

(kW/m2) 

CFD  

max. tube 

temperature 

(°C) 

Network 

max. tube 

temperature 

(°C) 

Absolute 

error % 

499.71 196.42 539.00 538.27 0.1354 

413.98 832.68 591.00 590.84 0.0271 

467.35 150.89 498.00 497.84 0.0321 

530.19 469.77 620.00 620.06 0.0097 

492.81 353.43 563.00 562.62 0.0675 

449.38 590.28 571.00 570.65 0.0613 

432.63 389.23 514.00 513.86 0.0272 

543.87 944.71 722.00 722.64 0.0886 

464.67 724.50 612.00 611.43 0.0931 

556.65 812.42 709.00 708.88 0.0169 

Table 2 View factors 

Discretised Section ff f c b bb 

View factor 0.127 0.840 0.006 0.023 0.004 

 

A range of values were determined for the division of the tube 

wall amongst the different sectors as described above.  The 

network model was then employed to determine the maximum 

tube metal temperature for each of the 10 cases.  The tube wall 

division was then varied according to a simple exhaustive search 

optimisation routine to find the division that results in the least 

sum squared error value between the maximum temperature 

results obtained with the CFD and network models. 

The minimum sum squared error was obtained with the 𝑓𝑓 

sector spanning 2.2% of the tube circumference. This implies 

that the view factor from the flux inlet surface to the 𝑓𝑓 sector is 

0.127. Once calibrated, the network model predicted the 

maximum metal temperatures in the receiver to within 0.2% of 

the Fluent model. The results of the calibration are provided in 

Table 1. Table 2 provides the values obtained for the view factor 

in each section. 

The temperature contours obtained with the calibrated model 

for the last case in Table 1 are presented in Figure 7. This shows 

how large the variation in temperature is, with the maximum 

temperature in the tube being 709°C while the minimum 

temperature is 557°C. 

MODEL VALIDATION 

The lack of easily accessible plant data for CSP tower plants 

means that only the heat transfer into the solar salt could be 

validated. This was done using plant data from the Solar Two 

plant run by the DoE located east of Barstow, CA in 1990s [11]. 

The flux profile on the receiver as well as the heliostat field 

layout were produced using SolarPILOT [12]. 

The SR geometry and plant location data were used as inputs 

to the model. However, Solar Two used two different heliostat 

sizes for the field as old heliostats from the original Solar One 

test plant were repurposed for Solar Two. The exact layout of 

these heliostats is not publicly available data. Therefore, the field 

was approximated to the closest possible layout of the Solar Two 

plant using a single heliostat size. 

Figure 6 CFD computational domain 

Figure 7 Fluent thermal contour plot. 
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The number of heliostats in service, direct normal irradiation 

(DNI), wind speed, ambient temperature, inlet temperature and 

mass flow rate of the Solar Salt HTF of the plant were used as 

input data for the equivalent thermal resistance model. Several 

days including a variety of wind conditions and ambient 

temperatures were used from the plant data to give a robust 

dataset. The results as shown in Table 3. The model results for 

the heat absorption rate are within 5% for all cases. 

CONCLUSION 

The proposed coarsely discretized network model captures 

all the relevant thermofluid phenomena to determine both the 

maximum tube metal temperatures and the heat transfer to the 

fluid inside the tubes. The receiver geometry may be discretized 

along the height and around the circumference using several 

increments in series and parallel. 

The calibration allows the maximum tube wall temperatures 

to be calculated within 0.2% of the CFD model, and the overall 

heat transfer are within 5% of real-plant data for eight cases 

covering a range of different operational conditions. 

The model may be used in future studies where sCO2-CSP 

tower plants are investigated, especially those with an interest in 

the maximum tube temperature of the central receiver.

 Table 3 Validation study 
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Solar Two Test Date 29/09/97 

11:00  

29/09/97 

12:00  

30/09/97 

11:00  

30/09/97 

12:00  

12/03/99 

11:00  

12/03/99 

12:00  

23/03/99 

11:00  

23/03/99 

12:00  

Plant heliostats 1767 1767 1764 1758 1685 1684 1626 1625 

Model heliostats 1767 1767 1767 1767 1683 1683 1627 1627 

DNI (W/m2) 887 931 975 976 865 915 858 875 

Wind speed (m/s) 0.6 0.6 1 0.4 2.0 2.2 9.0 6.9 

Ambient temperature (C) 32 32 33 33 14 14 16 16 

Inlet temperature (C) 294 296 300 301 302 303 300 302 

Plant outlet temperature (C) 555 553 552 554 564 564 563 564 

Model outlet temperature (C) 555.539 565.213 558.89 560.673 575.454 573.704 558.786 556.405 

Mass flow rate (kg/s) 80 85 90 91 67 73 61 65 

Plant heat absorption (MW) 31.655 33.118 34.113 34.916 26.638 28.915 24.341 25.843 

Model heat absorption (MW) 31.722 34.716 35.344 35.851 27.821 30.006 23.946 25.083 

Heat absorption error 0.212% 4.825% 3.609% 2.678% 4.441% 3.773% -1.623% -2.941% 
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ABSTRACT 
To make the solar energy operations continuous, latent 

heat thermal energy storage is among the highly preferred 

solutions. The phase change material (PCM) is used as a storage 

medium and undergoes phase change cycles continuously 

without any phase segregation. In this work, a micro-

encapsulated packed bed thermal energy storage is analysed 

numerically. The cylindrical-shaped PCM capsules are filled 

inside a cylindrical duct using the rigid body simulation. The 

radial and axial porosity variation inside the packed bed is 

determined using the paraview python console. The heat transfer 

fluid (HTF) flow over the PCM capsules is modelled using the 

porous media approach. A non-equilibrium heat transfer model 

is developed to analyse the heat transfer between HTF and 

PCM. The enthalpy–porosity technique is employed to model 

the phase change of PCM inside the cylindrical capsule. Three 

energy equations for HTF, PCM and storage wall are solved to 

evaluate the transient variation of the temperature inside the 

packed bed system. The results are validated with published 

experimental results. The parametric investigation is carried out 

to evaluate the effect of the HTF inlet charging temperature on 

the thermal efficiency of the system. For numerical 

investigation, the radial porosity variation of the packed bed 

system is taken into account. The porosity in the axial direction 

is taken as average because of the lesser range of variation. 

INTRODUCTION 
The global energy demand is increasing day by day due to 

improvements in the standard of living and industrial 

advancements in developed and developing countries. This 

resulted in a sharp increase in the use of fossil fuels in power 

generation. The power generation using fossil fuels led to a 

significant major increase in CO2 level in the environment. the 

Energy uses in India has doubled since 2000 but still 80% of the 

demand is met by coal, oil and solid biomass [1]. Due to this, 

the level of pollution is increasing rapidly. It is a need of time to 

encourage power generation by the use of renewable energy 

sources. 

Among the renewable energy sources, power generation using 

Solar energy has the potential to overcome the energy needs and 

pollution problems. However, solar radiation is intermittent and 

needs thermal energy storage to make its operation continuous. 

Packed bed thermal energy storage with encapsulated PCM is an 

efficient technology to overcome the intermittency in the 

working of concentrated solar power plants [2-4]. 

NOMENCLATURE 
D [m] Diameter of storage tank

di [m] Inner diameter of the capsule

dp [m] Particle diameter

E [J/kg] Enthalpy content 

g [m/s2] Acceleration due to gravity 

H [m] Height of the storage tank

h [m] Height of the capsule

hconv [W/m2.K] Convective heat transfer coefficient 

k [W.m1.K-1] Thermal conductivity 

Nu Nusselt number 

P [Pa] Pressure 

Pr Prandtl number 

r [m] Radius 

aST,o [m-1] Circumferential area of storage tank per unit 

volume 

Ra Rayleigh number 

Re Reynolds number 

T [K] Temperature 

Tin [K] HTF inlet temperature

te [mm] Thickness 

ae [m-1] Cylindrical capsule area per unit volume 

Greek symbols 

Porosity 

μ [kg/m.s] Dynamic viscosity 

 [kg.m-3] Density 

η Thermal efficiency 

Subscripts 
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c  Charging 

d  Discharging 

i  Inner 

in  Inlet 

l  Heat transfer fluid 

s  Phase change material 

 

There have been various numerical and experimental studies 

carried out to investigate the performance of packed bed systems 

for different shapes of micro-encapsulation [5-9]. Most Numerical 

studies are carried out for the spherical shape of encapsulation and 

average porosity of the packed bed. But cylindrical micro-

encapsulation can be a good choice to build up a corrosive-free, 

leakproof, low-cost storage system [10]. The corrosive-free 

polymeric materials are easy to shape in cylindrical form as 

compared to spherical. To develop the real numerical model of the 

packed bed system, the radial porosity variation needs to be 

considered. Due to the wall effect, the radial porosity has 

significant variation as compared to axial porosity. 

The present work focuses on the determination of porosity 

variation of the packed bed system and implements it in the 

thermal analysis of PBTES. The rigid body simulation using open-

source software Blender is carried out to fill the cylindrical 

capsules in the storage tank. A python script is written in paraview 

python console to determine the porosity variation in radial and 

axial directions. The study is conducted to examine the effects of 

varied charging and discharging HTF inlet temperatures on the 

thermal efficiency of the system. 

 

Geometrical specifications 

The storage system consists of a cylindrical tank packed with 

cylindrical PCM capsules as shown in figure 1. The material of 

encapsulation is taken as stainless steel in this analysis. The inner 

diameter and height of the capsule are taken as 18 mm and 40 mm 

respectively. The thickness of the capsule is taken as 1.65 mm. 

The storage tank has an inner diameter of 215 mm and a height of 

1 m. The wall thickness of the storage tank is taken as 2.87 mm.   

Rigid body simulation 

The rigid body simulation is carried out to fill the cylindrical 

capsules in the storage tank. The open-source software Blender 

2.92 is employed to conduct the rigid body simulation to form the 

actual packed bed. The discrete element method (DEM) and rigid 

body model both give the accurate result of porosity distribution 

throughout the packed bed.  But it is found that Blender shows 

similar particle orientation to the experimental results [11]. It 

requires less computation power as compared to DEM. The 

Newton-Euler equations are used to model the motion of the 

particles under gravity. The translation, rotation and Coulomb 

friction between the particles are taken into consideration.    

 

Figure 1: Schematic of packed bed thermal energy storage with 

micro-encapsulated PCM 

 

 

 

 

 Figure 2: Rigid body model of the 

packed bed 

 

Porosity distribution  

The STL file of the packed bed is exported from the Blender 

and meshed using the hexahedral cut-cell based method. To 

determine radial porosity distribution, fifty radial planes are 

taken from the centre to the wall of the storage tank. The 

porosity is calculated on each plane using a python script 

written in paraview python console. A four-degree polynomial 

is fitted to get the equation of radial porosity distribution as 

 

1.  

2.  

(1) 
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(a) 

 

(b) 

Figure 3: Porosity distribution of packed bed in (a) radial (b) 

axial direction 

 

Figure 2 shows the packed bed geometry after blender simulation. 

As shown in figure 3, the porosity of the packed has more 

variation in the radial direction. This is because of the wall effect 

in the radial direction. Hence, it is required to consider the radial 

porosity distribution for exact numerical modelling of the packed 

bed. The bed porosity in the axial direction has a very lower range 

of variation as compared to the radial direction. Therefore, we can 

take the average porosity in the axial direction.  

Numerical Formulation of packed bed 

The flow of HTF through the pores between capsules is modelled 

as a continuous porous medium. Hytherm 600 is used as HTF and 

A164 as PCM. A non-equilibrium, transient, two-dimensional and 

axisymmetric model is employed to simulate the HTF in the 

packed bed system. The melting and solidification of PCM inside 

the capsule are modelled using the enthalpy porosity technique 

[12]. The governing equations used are specified below 

 

Continuity equation for HTF: 

 
(2) 

where  

Momentum equation for HTF: 

 
(3) 

Where S1 represent resistance to flow due to porous media. It 

can be found using the Darcy Forchheimer law [13]. 

Energy equation for HTF: 

 

 

 

(4) 

 

The empirical relation of cross-flow over the cylinder is 

employed to determine the convective heat transfer coefficient 

between the capsule and HTF [14], 

 

(5) 

Energy equation for PCM: 

 

 

+  

(6) 

where  

The effective heat transfer coefficient (  between PCM 

and HTF is calculated by applying the thermal resistance 

network. The ZBS model is used to determine the effective 

thermal conductivity of HTF and PCM inside the PBTES [15]. 

Energy equation for storage wall: 

 

 

 

(7) 

 

The heat transfer coefficient at the wall of the PBTES with 

cylindrical particles is found using the Beek correlation [16] as 

 
(8) 

 

The Nusselt number for natural convection over a vertical 

cylindrical tank is taken as [17], 

 

(9) 
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Boundary and initial conditions 

Initial conditions: 

(a)     °C at t = 0 (at the start of charging) 

(b) The initial condition for discharging is taken as the end 

state of charging 

Boundary conditions: 

(c) Inlet: at z = 0,  for ,  for  and 

 

 

(d) 
Outlet: ,  ,  

 

(e) Walls of the system: u = v= 0  

(f) 
Axisymmetric: , , . 

 

 

The simulation is carried out using FVM method in Ansys 2020. 

For pressure velocity coupling, SIMPLE algorithm is used. The 

energy equations for HTF, PCM and storage tank wall are solved 

using the UDS and UDF. The converged criteria is taken as 10-6. 

Numerical Validation 

 The present model with radial porosity distribution is 

validated with published experimental results [18]. In this 

experimental work, water was used as HTF and Paraffin as PCM. 

Copper was taken as encapsulation material. In this experiment, 

glass wool is taken as an insulation material. Figure 4 shows the 

water temperature variation with time at a distance of 139.5 from 

the inlet and at the axis of the tank. It is found a good agreement 

between the present numerical model and experimental results. An 

average deviation of 3.24% is found between numerical and 

experimental results. 

 

 
Figure 4: Transient variation of water temperature 

 

 

 

Results and Discussion 

The flow of HTF through the pores between the cylindrical 

particles is modelled as porous media. The radial variation of the 

porosity is taken into consideration whereas the porosity in the 

axial direction is taken as constant. The HTF and PCM in the 

present work are taken as Hytherm 600 and A164. The melting 

point of the PCM is taken as 168.7 0C. The HTF mass flow rate of 

HTF throughout the packed bed is chosen as 0.123 kg/s. The flow 

rate of the HTF is chosen in such a way that flow remains laminar. 

The charging and discharging period are calculated as 1800 s 

based on melting temperature and latent heat of PCM.                   

The thermal efficiency of the PBTES system is defined as the ratio 

of cumulative heat extracted during the discharging period to the 

cumulative heat stored during the charging period.  

 
(10) 

 

Effect of charging HTF inlet temperature 

In this work, three charging HTF inlet temperature (Tin,c) is taken 

as 205 C, 195 C and, 185 C.  For effective utilization of 

latent heat of PCM, the discharging HTF inlet temperature (Tin,d) 

is calculated as, 

 

 (11) 

 

 is found as 132.4 C, 142.4 C and, 152.4 C corresponding 

to charging HTF inlet of 205 C, 195 C and, 185 C respectively. 

The HTF outlet temperature at the end of charging achieves a 

higher temperature as shown in figure 5. At the end of charging, 

the HTF temperature at the outlet of the system is found as 184.26 

C, 174.12 C, and 170.16  C For charging HTF inlet of 205 C, 

 
Figure 5: Transient variation of the HTF outlet temperature for 

various HTF inlet 
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195 C, and 185 C.  The thermal efficiency of the system is found 

as 54.496%, 42.62% and 26.31% for the charging HTF inlet of 205 

C, 195 C, and 185 C.   

For the higher charging HTF inlet, the PCM starts melting earlier. 

The melting of the PCM is found to start at 147 s, 169 s and 203 s 

for charging HTF inlet of 205 C, 195 C, and 185 C.  

At the end of the charging, the average melt fraction of the system 

is found as 0.92, 0.74, and 0.46 for charging HTF inlet of 205 C, 

195 C, and 185 C. This is the reason for having the lowest 

thermal efficiency for the case of HTF inlet of 185 C. More than 

half of the latent heat of PCM is not utilized. Figure 6 shows the 

PCM temperature at the centre of the storage tank. 

 

 
Figure 6: Transient variation of PCM temperature at the centre 

of TES tank 

CONCLUSION  
In this work, a rigid body simulation is carried out to fill the 

cylindrical particle in the cylindrical duct. The porosity variation is 

examined by writing the python script. A two-dimensional 

axisymmetric numerical model is developed for simulating the 

PBTES with cylindrical micro-encapsulation of PCM and radial 

porosity variation. It is found that the rigid body model forms the 

actual packed bed. The result is validated with a published 

experiment. 

Further, the investigation is carried out for varied HTF inlet 

temperatures during charging. It is found that PBTES with 

higher charging HTF inlet temperature is more thermally 

efficient.   
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ABSTRACT
Radiant cooling is considered one of the most promising sen-

sible cooling technologies. In this study, two detailed building
energy models were developed using TRNBuild and simulated
using TRNSYS to evaluate their performance. The first building
included a thermally activated building system (TABS) consist-
ing of a radiant roof. The second building is considered as a base-
line and was cooled using a mini-split air conditioning system at
the current Egyptian minimum efficiency performance standard.
The TRNSYS models were validated and tuned against experi-
mental data obtained from field measurements in Cairo Egypt,
a high ambient temperature country, during the cooling season.
These models were used to evaluate the seasonal building energy
consumption and thermal comfort. The water flow rate through
TABS was controlled to modulate its capacity in order to main-
tain the thermal comfort conditions inside the space while the
baseline mini split was controlled via conventional thermostatic
controls. It was found that TABS maintained thermal comfort
conditions for 93.5% of the time against 98.9% for the baseline
system. However, the seasonal cooling energy consumption of
the TABS was 12.4% lower than the baseline system. Finally,
the thermal energy analysis showed that the designed TABS re-
sulted in significantly larger cooling capacity due to the increased
losses from the TABS to ambient (as the roof was exposed). Im-
proving the insulation on the room roof can further improve the
TABS performance.

INTRODUCTION
Buildings represented about 30% of the energy demand

worldwide in 2020 [1]. Space cooling consumed 16% of the
electricity consumption of buildings, indicating the critical im-
portance of enhancing the efficiency of space cooling. This en-
hancement would be necessary to reduce CO2 emissions related
to energy generation, which is necessary to reduce the global
warming caused by human behavior. Space cooling energy con-
sumption increased during the last two decades by 4% on average
per year [2]; Therefore, addressing this increase by enhancing
energy efficiency is necessary to mitigate the resulting increased

NOMENCLATURE

Cp [J/kg.K] specific heat at constant pressure
COP [W/W] Coefficient of performance
DBT [°C] Dry bulb temperature
ṁ [kg/s] mass flow rate
MRT [°C] Mean radiant temperature
PMV [-] Predicted mean vote
PPD [-] percent people dissatisfied
Q̇ [W] heat transfer rate
RH [%] Relative humidity
RMSE [-] Root mean squared error
T [°C] Temperature
Ẇ [W] energy consumption

Subscripts
a Air
c Cooling
conv Conventional cooling
e Electrical
in supplied to the room
out return from the room
R return air
s supply air
TABS Thermally activated building system

CO2 footprint.
To increase the energy efficiency of cooling (SSLC) technol-

ogy, separate sensible and latent cooling was proposed to effi-
ciently target each cooling load type (sensible and latent) sepa-
rately and simultaneously by individual devices designed specif-
ically to target the corresponding cooling load type. This would
translate to a decrease in energy consumption up to 30% [3]. An-
other merit of separating the cooling load types is the ability
to control temperature and relative humidity separately, unlike
conventional cooling systems. The conventional cooling system
would require reheat (specially in high latent load conditions) to
maintain relative humidity at thermally comfortable levels; This
reheat is considered wasted energy as compared to the SSLC sys-
tems, where reheat is not needed [4].

To meet the sensible load, thermally activated building system
(TABS) is proposed where convection and radiation to an active
boundary of the cooling space envelope can be used to perform
sensible cooling [4]. Usually, cold water running through tubes
are used to achieve the cold boundary, specially in the ceiling.
To investigate the performance of the TABS, several studies have
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been performed using either simulations or experimental testing.
Khan et al. [5] used Computational Fluid Dynamics (CFD) sim-
ulations to show that TABS can achieve more uniformity in the
indoor temperature compared with the conventional cooling sys-
tems. Later, Khan et al. [6] studied the potential energy savings
of TABS for different climate conditions in India, utilizing a val-
idated building energy model; It was found that TABS achieved
between 11% to 27% energy savings for different climate condi-
tions, as compared with variable air flow rate systems. Su et al.
[7] experimentally tested TABS, and found that slight fluctua-
tions of cold water supply temperature had no significant impact
on the radiant panels performance or the indoor conditions due
to the large thermal capacity of the radiant panel; It was found
that cooling capacity of the radiant panels increased by lowering
the water supply temperature and increasing the water flow rate.

In this study, detailed building energy models for two differ-
ent buildings are developed using TRNBuild and simulated using
TRNSYS to evaluate the performance of TABS against conven-
tional cooling solution. The first building includes TABS consist-
ing of a radiant roof while the second building is considered as a
baseline and was cooled using a mini-split air conditioning sys-
tem. These models will be used to evaluate the seasonal building
energy consumption and thermal comfort of each building during
the cooling season in Cairo, Egypt (a high ambient temperature
country).

Methods
Experimental setup of two side-by-side buildings was used to

validate the building models used in the analysis during the cool-
ing season. The first section will be devoted to describe the ex-
perimental setup used, the second will depict the performance
indices and error analysis, and the third will give a detailed de-
scription of the developed energy models used in the analysis and
its validation using the experimental data.

Experimental setup
Two identical rooms were used to assess the performance of

TABS against conventional cooling system. Each room was 2.66
m high with a floor area of 10.5 m2. The rooms had a small
0.7 m2 double-glazed window facing east and a 2.16 m2 double-
glazed window facing south.

Room A was equipped with a typical conventional mini-split
air conditioning system (baseline system) with a capacity of 1
TR, while Room B was equipped with a radiant cooling panel in
the ceiling. Figure 1 shows a 3D rendering for the experimental
test setup. The experiment was held during the month of Septem-
ber in Cairo, Egypt, where typical ambient conditions are shown
in Figure 2.

Performance indices
The performance of TABS against the baseline system is mea-

sured using two criteria: seasonal cooling energy consumption
and thermal comfort.

Figure 1: Experimental setup 3D rendering

(1) dry bulb temperature

(2) Relative humidity

Figure 2: Ambient conditions of Cairo, Egypt through the year

Energy Efficiency For the baseline system, the cooling en-
ergy is given by equation.1

Q̇c,conv = ṁa(hR −hs) (1)

where ṁa is the air mass flow rate from the baseline system, hR is
the enthalpy of the return air to the baseline system and hs is the
enthalpy of the supply air from the baseline system. The COP of
the baseline system is defined by equation 2

COPconv = Q̇c,conv/Ẇc (2)

where Ẇc is the electrical energy consumption by the baseline
system. Both the cooling energy and the electrical energy con-
sumption were experimentally measured for the baseline system
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Table 1: Parameters used in PMV calculation

Parameter Value unit

Metabolism rate 1.0 met

Clothing 0.8 -

Relative air velocity 0.2 m/s

to build a performance map which can be later used in the TRN-
SYS model.

For TABS, the seasonal cooling energy is defined by equation
3

Q̇c,TABS = ṁwCp,w(Tout −Tin) (3)

where ṁw is the water flow rate to the radiant panels, Cp,w is
the water specific heat and Tout and Tin is the outlet and inlet
temperatures of the water, respectively. The COP of TABS is
defined by equation 4

COPTABS = Q̇c,TABS/Ẇc (4)

where Ẇc is the chiller energy consumption.
The water chiller used in the experimental setup is tailored,

and does not represent today’s efficient chiller technology; Con-
sequently, typical water chiller performance data available within
TRNSYS were used instead.

Thermal Comfort As defined ISO 7730 [8], thermal comfort
evaluation depended on two main parameters: Predicted Mean
Vote (PMV), which shows whether the indoor conditions are
thermally comfortable or not (as defined in [8]) on a scale be-
tween -3 and +3, and Predicted Percentage of Dissatisfied (PPD),
which shows the percentage of the space occupants not satisfied
with the air conditions. PPD as defined in [8] is a function of
PMV. To meet the thermal comfort conditions, a range of PMV
between -0.5 and +0.5 is recommended [8] and used.

The parameters used for calculating PMV are indicated in Ta-
ble 1.

Sensors and error analysis
Accuracy of measurement of air temperature and relative hu-

midity of the indoor conditions were ±0.5°C and ±5%, respec-
tively. For mean radiant temperature measurement of each room,
a 15 cm diameter globe thermometer was used with an accuracy
of ±0.1°C. Electric energy consumption of the baseline system
was measured with an accuracy of ±0.1%. Water flow rate to the
radiant panel was measured with an accuracy of ±5% and Wa-
ter temperatures into and out of the radiant panel were measured
with an accuracy of ±0.1°C.

the error caused by measurement will affect the accuracy of
experimental results. The experimental results error analysis

Table 2: TRNSYS Components Description

Type Number Type Name Type Description Model

15 Weather
This component reads weather data from
an external file at each time step. both models

77 Soil Temperature
This type simulates vertical temperature
distribution of the ground. both models

56 Building
This type models the thermal behavior
of a multi-zone building. both models

954c Air Conditioner
This component simulates air flow on
evaporator and condenser sides of an
air conditioner.

baseline model

166 Thermostat
This type models on/off control signals
based on room temperature. baseline model

118 Chiller
This model simulates a vapor
compression air-cooled chiller. radiant cooling model

534 Tank
This type models a vertical cylindrical
storage tank with no heat exchanger
on the inside.

radiant cooling model

110 Pump
This model simulates a variable speed
pump. radiant cooling model

113 Aquastat
This type models on/off control signals
based on fluid temperature. radiant cooling model

Table 3: Operating parameters of radiant cooling system

Parameter Unit Value

Chilled water supply temperature °C 16

Pump nominal power W 300

Pump nominal flow rate lit/min 10

Chilled water tank volume lit 1000

was performed using the uncertainty propagation [9] as shown
in equations 5 and 6:

∆y =
[(

∂ f
∂x1

)2
(∆x1)

2 +
(

∂ f
∂x2

)2
(∆x2)

2 + · · ·+
(

∂ f
∂xn

)2
(∆xn)

2
] 1

2
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Based on the previous analysis, the test error of Q̇c,conv,
COPconv and Q̇cRC were found as ±8.66%, ±8.66% and ±8.77%,
respectively.

Numerical Model
Model Description Building energy models for the build-

ings used in experimental setup were developed using TRNBuild
and solved using TRNSYS [10]. The simulation is performed
during the cooling season between June to September. Table 2
shows the TRNSYS types used in the TRNSYS models. A TRN-
SYS component mainly has 3 arguments: parameters, inputs and
outputs. Parameters are considered constant, and used to define
the component and how it functions; Inputs are variables that
usually get their values from the output of other TRNSYS types;
Outputs are calculated variables from the model of the compo-
nent. The meteorological data used in the TRNSYS models are
based on the available public TMYx database for Cairo, Egypt
[11]. Table 3 depicts the operating parameters of the radiant cool-
ing system and Table 4 demonstrates the nameplate data of the
baseline system.

Model Validation The model validation was performed us-
ing measured experimental data. Figures 3 and 4 compare be-
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Table 4: Nameplate data of the baseline system

Parameter Unit Value

Cooling capacity W 3548

Electric power W 1030

COP W/W 3.44

Refrigerant - R410A

Refrigerant charge kg 0.57

tween modeling and experimental results for baseline and radiant
cooling systems, respectively.

For the baseline system, the model was able to predict the
DBT, RH, MRT of the room with an RMSE of 0.28°C, 8.66%
and 0.30°C, respectively. For TABS model, the model was able
to predict the dry bulb temperature (DBT), relative humidity
(RH), and mean radiant temperature (MRT) of the room with
a root mean squared error (RMSE) of 0.66°C, 6% and 0.69°C,
respectively.

The unavailability of accurate weather data for ambient RH
caused a deviation in model prediction for RH. This would affect
the infiltration latent load of the rooms. Nevertheless, this would
only affect the trend of the RH values instead of the order of
magnitude of the values; This would allow the model predictions
to be acceptable and taken into consideration.

Figure 3: TRNSYS baseline system model validation

Results and discussion
Table 5 shows the simulation results during the cooling sea-

son. Seasonal cooling energy of TABS was 83% higher than the
baseline system; The losses from the radiant panel in the ceiling
to the atmosphere above it required more cooling energy from
the system. As surface temperature of the ceiling in room B is

Figure 4: TRNSYS TABS model validation

about 10°C less than Room A, the losses increase by a magni-
tude of order. To handle this issue, radiant panels should be well
insulated from the atmosphere to reduce these losses.

For the seasonal electrical energy consumption, It was found
that TABS system used 12.4% less electrical energy than the
baseline system, hence there exists a potential energy saving.
This potential would be even higher if the cooling energy of the
rooms were equal in value.

For thermal comfort, the baseline system achieved better per-
formance by maintaining comfort conditions in Room A for
98.85% of the time during the cooling season, while the TABS
met thermal comfort conditions for 93.5% of the time. As shown
in Figure 5, only 32% of the unmet conditions were due to hot
condition (PMV above 0.5), while the rest was due to cold condi-
tion in the month of October; This can be mitigated with adding
a heating capability to TABS.
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Table 5: Summary of TRNSYS model results from June to
September

Parameter Unit
baseline

system

Radiant cooling

system

Cooling energy kWh 1036 1896

Electrical energy kWh 1205 1056

unmet hours % 1.14 6.5

Average PMV - -0.06 0.04

Average PPD % 5.1 5.0

Figure 5: PMV from TRNSYS model from start of June to end
of September for (a) Room A (b) Room B

Conclusion
Two energy building models were developed for assessment

of TABS against conventional cooling solution. Detailed energy
building models were constructed using TRNBuild and solved
using TRNSYS. Both models were validated using experimen-
tal data. Seasonal energy efficiency and thermal comfort were
used to evaluate and compare the performance of both systems.
The study was performed during the cooling season in Cairo,
Egypt, which is a high ambient temperature condition. It was
found that the baseline system performed better in thermal com-
fort by maintaining comfort conditions for 98.9% of the study
time against 93.5% for TABS; However, performance of TABS
can be further enhanced by including a heating capability. Also,
radiant cooling would only be able to remove sensible load; For
regions with low sensible heat ratio, a dedicated dehumidifica-
tion device to handle latent load would be needed to achieve
good thermal comfort. For the seasonal energy efficiency, TABS
showed energy savings potential of 12.4% against the baseline
system. The energy savings can be further enhanced by insu-
lating the radiant panel from the outside, to reduce the thermal
losses to the atmosphere, and reduce the required cooling energy
accordingly.
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ABSTRACT 
A comfortable, wellness-oriented lifestyle is commonly 

associated with intensive use of energy. The Finnish sauna, in 

particular, is a wellness product with high energy demand. The 

so-called Zero-Energy-Sauna was developed and demonstrated 

at the University of Stuttgart to show that a sustainable and 

comfortable lifestyle do not necessarily exclude each other. The 

Zero-Energy-Sauna, equipped with solar panels and a 

pressurized, stratified hot water storage, can be operated energy 

self-sufficiently. The realized demonstrator confirms the 

functionality of this concept: a fully charged storage allows for 

the operation of the sauna for up to five hours. It is well known 

that a sauna is preferably used on cold days, especially in winter. 

These days are characterized by a shorter sunshine duration and 

in average lower solar radiation. This might cause an insufficient 

charging of the storage for the operation of the sauna, limiting its 

availability. Therefore, the sauna is equipped with an electric 

heater, which allows for a bivalent charging of the thermal 

energy storage. As the electric heater is connected to the public 

electricity grid, its operation is associated with CO2 emissions. 

These are dependent on the electricity mix and vary during the 

day. The topic of this paper is the further development of the 

existing Zero-Energy-Sauna to a so-called Smart-Energy-Sauna. 

This is achieved through a control strategy that enables the smart 

use of the electric heater. The smart use is characterized by a 

CO2-optimized charging of the storage, i.e. the minimization of 

CO2 emissions. The implemented controller is based on model 

predictive control, which uses a simplified model of the thermal 

energy storage. Through the incorporation of CO2 emissions and 

solar radiation forecasts, optimal bivalent charging of the 

thermal energy storage is achieved. The primary objective is to 

fully exploit the forecasted solar radiation. The secondary 

objective is to fully charge the storage. The missing charge is to 

be gained from the operation of the electric heater in periods with 

low CO2 emissions. The CO2-optimized charging is compared to 

a reference strategy. The reference strategy charges the storage 

electrically as late as possible, aiming to reduce heat losses. 

Numerical closed-loop simulations are performed, using a 

detailed simulative model of the thermal energy storage as a 

controlled system. Four characteristic days for a sauna located in 

Stuttgart, Germany are considered in the simulations. In terms of 

specific emissions, the CO2-optimal controller is able to reduce 

the emissions by up to 17% compared to the reference strategy. 

The potential emission reduction mainly depends on the course 

of emissions of the electricity mix. 

INTRODUCTION 
The sauna is a room that is designed with the purpose to 

provide a hot place for bathers to sweat and relax. Several 

positive health effects are attributed to sauna bathing, like 

improving pulmonary functions or lowering blood pressure [1]. 

The Finnish sauna consists of a single room that is mostly made 

from spruce wood. It is heated up by an electric heater, which is 

covered with a layer of stones [2]. Traditionally, a wood stove is 

used as a heater. By manually pouring water on the hot stones, 

steam is generated, constituting an important personal 

experience to sauna bathers. Due to high air temperatures, 

reaching up to 100°C, the sauna has a high demand for thermal 

energy. 

NOMENCLATURE 
𝐴 [m2] Cross-section area of hot water storage 

𝐶 [J/K] Thermal capacity 

𝐺 [W] Solar irradiation 

ℎ [m] Height of control volume 

𝐽 [-] Objective function 

𝑚 [kg] Mass of control volume 

�̇� [kg/s] Mass flow 

𝑄 [J] Heat

�̇� [W] Heat flow 

𝑃𝑒𝑙 [W] Electrical power

𝑅 [K/W] Thermal resistance 

𝑇 [K] Temperature

𝑢 [-] Actuated value 

𝑥 [-] System state 

Greek characters 

𝜂 [-] Efficiency of solar collector system 

𝜆 [W/mK] Thermal conductivity 

𝜌𝐶𝑂2
[g/kWh] Specific CO2 emissions 

Subscripts 
in Inlet 

max Maximum  

opt Optimal 
out Outlet 

sol Solar 
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For the majority of the society, a sustainable lifestyle is 

becoming more important. The German term “Energiewende” 

describes the energy transition from fossil to renewable sources 

[3]. Regarding personal perception, this transition is often 

associated with a reduction of individual energy consumption 

and thus with a sacrifice of comfort and well-being [4]. 

Therefore, the usage of a sauna as a wellness product with a high 

energy demand might be questionable from a sustainable point 

of view. 

Against this background, the worldwide first Zero-Energy-

Sauna was developed and constructed at the University of 

Stuttgart, Germany [5,6]. One purpose of that research project 

was to show that, from a technical point of view, a sustainable 

and comfortable lifestyle do not necessarily exclude each other: 

The Zero-Energy-Sauna is energy self-sufficient, meaning it is 

fully driven by locally available renewable energy. The core 

component of the sauna is the thermal energy storage, which is 

realized as a pressurized, stratified hot water storage. Solar 

thermal collectors, installed on the roof of the sauna, charge the 

storage. The key features of the Zero-Energy-Sauna are, among 

others, an air temperature of up to 100 °C in the sauna cabin and 

manual steam generation. An existing demonstrator confirms the 

functionality of the concept: a fully charged storage allows for 

the operation of the sauna for up to five hours. 

The main drawback of the Zero-Energy-Sauna is that it is 

fully dependent on the availability of renewable energy, namely 

solar irradiation. However, sauna bathing is particularly popular 

on cold days in winter. These are characterized by low solar 

irradiation and sunshine duration, limiting the availability of the 

sauna. An electric heater can overcome the problem of 

availability. The use of the electric heater results in CO2 

emissions, which are caused by the combustion of fossil fuels for 

the electricity production for the electrical grid. As this stands in 

contrast to the main objective of avoiding CO2 emissions, a 

sustainable operation of the electric heater is intended. 

Therefore, the Zero-Energy-Sauna concept is extended in this 

paper by a bivalent charging strategy based on Model Predictive 

Control (MPC). The resulting concept is titled Smart-Energy-

Sauna. The control objectives are to fully charge the storage and 

to solely use the electric heater, if the forecasted solar radiation 

is insufficient for sauna operation after charging the thermal 

energy storage over the course of one day. An additional 

objective is to exploit the varying electricity mix, which is a 

result of the fluctuating feed-in of renewable energy sources. 

This is reached by operating the heater in times with low CO2 

emissions caused by the electricity production in the grid. 

Optimal charging of thermal energy storages through MPC is 

a common approach in the building sector in the context of 

demand-side-management. The novelty of the presented Smart-

Energy-Sauna concept is threefold. First, the application of MPC 

in the worldwide only Zero-Energy-Sauna is a novelty itself. 

Second, the technical conditions clearly distinguish the Smart-

Energy-Sauna from the building sector: The temperature in the 

thermal energy storage reaches up to 130 °C and a high 

stratification in the storage is desired for exergetical reasons. 

Third, the control objective is to achieve a defined state of charge 

at an exact point in time, whereas in buildings, the storage is 

exploited within certain bounds continuously. 

The paper is structured as follows: First, the concept and 

working principle of the Smart-Energy-Sauna are explained 

briefly. Next, the CO2-optimized charging strategy, which is the 

key feature of the Smart-Energy-Sauna, is presented. A 

simulative study, focusing on the bivalent charging of the 

thermal energy storage, is conducted and the corresponding 

results are discussed. Finally, the paper closes with a short 

summary. 

SMART-ENERGY-SAUNA CONCEPT 
A schematic representation of the Smart-Energy-Sauna is 

depicted in Figure 1 and a detailed description can be found in 

[5]. In correspondence with the demonstrator, the volume of the 

sauna room (1) is approximately 10 m3. The room is equipped 

with a heat exchanger (2) and an adsorption oven (3). The 

purpose of the adsorption oven is to generate vapour, which is 

not considered in this paper. The heat exchanger can heat up the 

air to a temperature of 100 °C. It is fed with hot water from the 

pressurized, stratified hot water storage (4), which is located in a 

separate room. The permissible maximum temperature in the 

storage is 140°C. On the roof of the sauna, solar thermal 

collectors (5) and photovoltaic modules (6) with an area of 8 m2 

and 4 m2, respectively, are installed. A heat exchanger (7) 

separates the solar circuit and the storage circuit. The electric 

heater (7) is installed in the charging circuit just behind the outlet 

of the heat exchanger. Finally, the sauna is equipped with a small 

electric battery (9) and a control unit (10). 

The core component is the pressurized, stratified hot water 

storage, as it enables an operation of the sauna, which is time-

independent from solar irradiation. In the development phase of 

the sauna, a detailed simulative model of the thermal energy  

 

 
Figure 1  Schematic view of the Smart-Energy-Sauna: 

(1) inner cabin, (2) heat exchanger, (3) adsorption oven, 

(4) pressurized, stratified hot water storage, (5) solar thermal 

collectors, (6) photovoltaic modules, (7) heat exchanger, 

(8) electric heater, (9) electric battery, (10) control unit. 
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storage was used to find the optimal storage design and to 

examine its charging and discharging behaviour [5]. The 

simulative model considers the effect of convective mixing by 

natural convection. In the model, the storage is spatially 

discretized by 400 knots. Generally, the model was found to be 

sufficiently accurate and will be used in this paper for evaluation 

of the MPC strategy applied to the Smart-Energy-Sauna. 

The storage has four connection pipes located on different 

heights, working both as inlets and as outlets. Depending on the 

amount of solar irradiation, the temperature of the supply flow 

differs as the mass flow of the solar circuit can only be varied in 

a limited range. The storage is charged trough the highest inlet, 

for which the storage temperature is equal or lower to the 

charging temperature. In this way, a thermal stratification with 

high maximum temperature can be reached in the storage, which 

is needed to fulfil the high temperature need of sauna bathing. 

During sauna operation, the four connection pipes enable an 

exergetically efficient discharge of the storage, extending the 

usage time of the sauna. For a more detailed description of the 

charging and discharging process, as well as for a literature 

review targeting thermal energy storages, we refer to [5]. In the 

following section, the control algorithm of the electric heater as 

a core feature of the Smart-Energy-Energy is presented. It is 

stressed that this paper solely focuses on the charging of the 

thermal energy storage. 

MODEL PREDICTIVE CONTROL ALGORITHM  
In this section, the CO2-optimized bivalent charging strategy, 

based on Model Predictive Control (MPC), is presented in detail. 

First, the basics and mathematical formulation of MPC are 

presented. Next, a simplified model of the sauna is derived that 

is needed for the controller. Finally, the control objective is 

formulated. 

MPC is an advanced control strategy, where the system’s 

reaction to a control input is predicted with a mathematical 

model of the controlled system [7]. The model is used to 

determine an optimal sequence of control signals through 

minimization of an objective function. The optimization is 

repeated every time step with a receding horizon. The objective 

function defines the control objective, which can be for instance 

reference tracking or economic operation. In terms of controlling 

thermal energy systems, MPC is seen as a supervisory control in 

building’s energy management systems [8]. Numerous studies 

show, that MPC is able to achieve an optimized operation of the 

building’s technical equipment in terms of reduced monetary 

costs [9] or reduced CO2-emissions [10].  

The general optimal control problem of MPC can be 

formulated in the following way [11]: 

𝑢opt(⋅) = arg min
𝑥(⋅),𝑢(⋅)

𝐽(𝑥, 𝑢)

�̇�(𝑡) = 𝑓(𝑥(𝑡), 𝑢(𝑡))

𝑥(0) = 𝑥0

𝑥(⋅) ∈ 𝒳, 𝑢(⋅) ∈ 𝒰,

 (1) 

The optimal control sequence 𝑢opt(⋅) minimizes the objective 

function 𝐽(𝑥, 𝑢), which depends on the system’s states 𝑥 and the 

control signals 𝑢. The minimization is performed with respect to 

the system model 𝑓(𝑥, 𝑢), the initial state 𝑥0 and constraints for 

the states and control inputs 𝒳 and 𝒰. 

The mathematical model 𝑓(𝑥, 𝑢) of the sauna is derived from the 

sketch of the system shown in Figure 2. The storage is discretized 

in three control volumes 𝑖 ∈ {1,2,3}, each having a uniform 

temperature 𝑇𝑖 . This simplification is made to capture the effect 

of thermal stratification, whilst keeping the model 

computationally efficient. The energy balance for each control 

volume considers three types of energy transfer terms. Heat is 

exchanged between the volumes through heat conduction �̇�𝑖,𝑗 

and through a displaced mass flow �̇�. Thermal losses �̇�𝑙,𝑖 

through the sidewalls, the top and the bottom of the hot water 

storage are considered. In total, the simplified model of the 

stratified, pressurized thermal storage is expressed as: 

�̇�1 =
1

𝐶1
(

1

𝑅1
Δ𝑇𝑎,1 +

𝜆𝐴

ℎ
Δ𝑇2,1 + �̇�𝑐𝑝Δ𝑇𝑖𝑛,1)

�̇�2 =
1

𝐶2
(

1

𝑅2
Δ𝑇𝑎,2 +

𝜆𝐴

ℎ
(Δ𝑇3,2 + Δ𝑇1,2) + �̇�𝑐𝑝Δ𝑇1,2)

�̇�3 =
1

𝐶3
(

1

𝑅3
Δ𝑇𝑎,3 +

𝜆𝐴

ℎ
Δ𝑇2,3 + �̇�𝑐𝑝Δ𝑇2,3) ,

 (2) 

where the system states are 𝑥 = [𝑇1, 𝑇2, 𝑇3]T. In the previous 

equation the abbreviations Δ𝑇𝑖,𝑗 = 𝑇𝑖 − 𝑇𝑗 and 𝐶𝑖 = 𝑚𝑖𝑐𝑝 are 

used. 

The fluid circuit of the solar thermal collectors is simplified 

by considering the overall efficiency 𝜂 of the collector and the 

heat exchanger. The collector transforms the solar irradiation 

𝐺𝑠𝑜𝑙  to a heat flow �̇�𝑠𝑜𝑙, which is transmitted to the storage circuit 

by the heat exchanger. The electric heater is assumed to be ideal, 

that is the electric power is fully transferred as heat to the water 

flowing through the heater. The energy balance for the storage 

circuit is expressed as: 

𝑃𝑒𝑙 + 𝜂𝐺𝑠𝑜𝑙 = �̇�𝑐𝑝(𝑇𝑜𝑢𝑡 − 𝑇𝑖𝑛) (3) 

 

Next, the control law, which allows for a CO2-optimal 

bivalent charging of the sauna, is introduced. The control 

objective is twofold: First, the storage should be charged as 

 
Figure 2  Representation of the simplified model used in 

the MPC algorithm. 
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sustainably as possible, i.e. the solar irradiation is to be used 

primarily. Second, the storage should be fully charged at a 

defined point in time.  The missing charge is to be achieved from 

an operation of the electric heater in periods with low CO2 

emissions. These control objectives are expressed in the 

objective function: 

𝐽 = 𝐽𝑇 + 𝐽𝐶𝑂2

𝐽𝑇 = ∑ 𝑎(𝑇𝑖,𝑡𝑟𝑔−𝑇𝑖(𝑁)+𝑏) 3
𝑗=1

 𝐽𝐶𝑂2
= ∑ 𝑃𝑒𝑙(𝑗) ⋅ 𝜌𝐶𝑂2

(𝑗) ⋅ Δ𝑡𝑁
𝑗=0

 (4) 

The objective function 𝐽 consists of two terms. The reference 

tracking term 𝐽𝑇 ensures that the storage is fully charged at the 

end of the optimization horizon. The economic term 𝐽𝐶𝑂2
 leads 

to a minimization the CO2 emissions caused by the operation of 

the electric heater. The specific emissions are denoted by 𝜌𝐶𝑂2
 

and the sample time by Δ𝑡. An exponential expression is chosen 

for the reference tracking term with the deviation from the target 

temperature 𝑇𝑖,𝑡𝑟𝑔 − 𝑇𝑖(𝑁) at the last time step 𝑁 as exponent. 

This approach allows for an appropriate weighting between the 

opposing targets of minimizing emissions, whilst ensuring small 

deviations from the target temperature. The weighting is 

achieved by tuning of the parameters 𝑎 and 𝑏.The optimization 

is performed in a shrinking horizon manner, i.e. the optimization 

horizon is reduced by one time step successively until the point 

of time is reached when the storage is to be charged. For 

numerical reasons, the mass flow �̇� and the inlet temperature 𝑇𝑖𝑛 

are chosen as control variables in the optimization. The actual 

control variables are the  mass flow �̇� and the electrical power 

𝑃𝑒𝑙  resulting from Equation (3). Technical boundaries for the 

inlet temperature and the mass flow are set. Additionally, 

Equation (3) is implemented as an inequality boundary 

condition. In this way, 𝑃𝑒𝑙 is implicitly limited as long as solar 

irradiation is available, ensuring the primary use of solar energy. 

SIMULATIVE SETUP AND REFERENCE STRATEGY 
Four representative winter days from the year 2016 at the 

location of the Zero-Energy-Sauna in Stuttgart, Germany are 

simulated to evaluate the previously presented control algorithm. 

The days are chosen in a way to represent the limiting and typical 

cases of solar irradiation and CO2-emissions, i.e. high and low 

solar irradiation and different trends of emissions during the day. 

Table 1 summarizes the characteristics of these selected days.  

The simulations are performed in MATLAB [12]. As a 

controlled system, a detailed storage model is used [5]. The 

MPC-toolbox from MATLAB is applied. The emissions are 

calculated according to [13] with generation data provided by 

ENTSO-E [14]. Solar radiation data is used from PVGIS [15]. 

Additionally to the simulations with the proposed controller, 

simulations with a reference charging strategy are performed. 

The aim of the reference strategy is to charge the storage with 

the electric heater as late as possible before the sauna operation, 

in order to minimize heat losses. The forecasted solar irradiation 

is used to estimate the charging state of the storage. The missing 

charge is then supplied by operating the electric heater with 

maximal power.  

As an initial condition, the storage temperature is set to 27°C 

at 6 o’clock in the morning. The intended time of use of the sauna 

is assumed to be at 18 o’clock in the evening, resulting in a 

charging period of 12 hours. 
 

Table 1  Characteristics of the four representative days. 
 

 Solar radiation CO2 emissions 

Day Type 𝑄𝑠𝑜𝑙  Unit Trend   mean max min Unit 

A Low 0.77  
kWh

m2
  ↗ 427 507 369 

g

kWh
  

B High 3.34 
kWh

m2
  → 504 519 496 

g

kWh
  

C Low 0.62 
kWh

m2
  ↘ 386 470 323 

g

kWh
  

D High 7.42 
kWh

m2
  ↝ 504 602 454 

g

kWh
  

RESULTS AND DISCUSSION 
In this section, the closed loop behaviour of one exemplary 

day of the four representative days will be inspected in detail 

first. Next, the optimal charging strategy will be compared with 

the reference charging strategy. Finally the presented results will 

be discussed briefly. 

Figure 3 depicts the closed loop behaviour for a day with 

marginal solar irradiation (day A) and with target temperatures 

set to [𝑇1, 𝑇2, 𝑇3] = [120°C,120°C,100°C] for the three control 

volumes in the storage. The upper graph shows the solar gains 

�̇�𝑠𝑜𝑙 and the power of the electric heater 𝑃𝑒𝑙  as well as the 

evolution of the CO2 emissions during the day. The lower graph 

shows the measured temperatures. The mean CO2 emissions are 

rising throughout the day from 369 to 507 g kWh⁄  with a local 

minimum at 12 o’clock. It is seen that the controller exploits the 

global and local minimum in CO2 emissions through operating 

the electric heater with a maximal power of 7 kW in the morning 

and with reduced power around noon. The solar irradiation 

available between 11 and 12 o’clock is also exploited, noticeable 

 
Figure 3 Closed loop behaviour for day A. 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 930 of 1061



  

  

by the reduced power of the electric heater. The mean 

temperatures in the control volumes are rising consecutively. It 

takes approximately until 7:15 for the upper volume to reach 

97°C. The mass flow realized by the pump cannot fall below a 

certain minimum, so that it is elevated around 9 o’clock. This 

leads to a lower charging temperature. Through switching of the 

charging port to the lowest inlet, the lower part of the storage can 

be charged with this reduced temperature. The outlet temperature 

starts to increase around 11 o’clock. It is also until 11 o’clock, 

that the charging temperature does not exceed 100°C. This is 

attributed to a maximum permitted temperature increase in the 

charging circuit set to 70 K. As soon as the outlet temperature 

rises, the charging temperature increases and the upper two parts 

of the thermal storage are further charged. The charging is 

stopped after 13 o’clock with storage temperatures close to the 

set points. 

Numerical simulations are conducted for the four days using 

the proposed controller and the reference strategy. The results 

are depicted in Figure 4. The upper graph shows the amount of 

energy stored in the storage 𝑄𝑠𝑡 , split by the source of energy. 

The lower graph shows the mean specific CO2 emissions caused 

by the operation of the electric heater. It is seen that similar 

charging states, corresponding to similar temperature levels, are 

achieved for all cases. The MPC is able to outperform the 

reference strategy for days A and B, characterized by a reduction 

of specific emissions of round 17% and 3%. The reference 

strategy achieves lower emissions than the MPC for day C. Still, 

both strategies achieve lower emissions than the mean CO2 

emissions of the respective day. For day D with the highest solar 

radiation, the electric heater is operated by the MPC only for a 

short time. This contributes to the state of charge by 0.3% and 

results in negligible absolute emissions. Still, for the sake of 

completeness, the mean specific CO2 emissions of this fraction 

are depicted in the lower graph in Figure 4. 

In the following, the results will be discussed briefly. As seen 

in Figure 3 the set point temperatures are not reached exactly at 

the end of the day. This is a result of the opposing control 

objectives in the objective function, see Equation (4). The 

optimal solution that is found in the minimization corresponds to 

a trade-off between control-deviation and the sum of CO2 

emissions. This also explains the different charging states that 

are reached for the evaluated days, see Figure 4. Regarding the 

overall performance of the model predictive controller in 

comparison to the reference strategy, a significant reduction of 

emissions is only achieved for day A. For days B and C both 

strategies achieve comparable results, proving the functionality 

of both control strategies. For day B, the specific emissions 

caused by the optimal control of the electric heater are higher 

than the mean emissions of the grid, which is attributed to heat 

losses. The fluctuations of emissions are relatively small on that 

day, which limits the possibility to exploit local minima. For day 

C, the reference strategy achieves better results, simply because 

the time of lowest CO2 emissions matches by chance with the 

time of operation of the electric heater in the late afternoon. 

Although the solar irradiation is sufficient on day D, the heater 

is operated by the MPC. This is caused by the inevitable 

 

 
Figure 4 Overall results for the four representative days.  

 

mismatch between the model used in the controller and the 

controlled system. Overall, MPC is able to achieve an optimized 

operation and to exploit the fluctuating feed-in of renewable 

energy sources, if CO2 emission forecast are provided. The 

biggest potential emission savings can be achieved if 

fluctuations of the CO2 emissions of the electricity grid are high, 

as it enables the optimal controller to exploit local minima. 

SUMMARY 
Sustainability is becoming more important to society. 

Therefore, an energy self-sufficient wellness product, the Zero-

Energy-Sauna, was developed and demonstrated at the 

University of Stuttgart, Germany [5]. The Zero-Energy-Sauna is 

equipped with a pressurized, stratified hot water storage that is 

charged by solar thermal collectors, which are installed on the 

roof of the sauna. However, due to its dependency on solar 

irradiation, the sauna’s availability is limited in winter. An 

electric heater, installed in the charging circuit, increases the 

availability, but its operation is linked to CO2 emissions as it is 

connected to the public electricity grid. In this contribution, the 

Zero-Energy-Sauna concept is extended by a bivalent charging 

strategy, based on Model Predictive Control (MPC), resulting in 

a Smart-Energy-Sauna. The aim of the predictive controller is to 

operate the electric heater in a way, so that emissions are 

reduced. A numerical study is conducted and the control strategy 

is assessed for four representative winter days. The simulations 

show that the possibility to reduce emissions is substantially 

dependent on the daily course of CO2 emissions. High 

fluctuations of the CO2 emissions enable the controller to exploit 

local minima and thus to reduce emissions. Compared to a 

reference charging strategy specific CO2 emission savings of up 

to 17% are achieved.  

Further developments could include the extension of the 

control algorithm by an automatic inlet detection to improve the 

control accuracy. Further studies and simulations could be  

conducted for a whole year. 
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ABSTRACT 
There are many applications of liquid rope coiling in 

electro-hydrodynamics, additive manufacturing of 

nanoparticles, nanofibers, 3D printing etc. Primarily, honey, 

chocolate syrup, and highly viscous Newtonian liquids are used 

by past researchers to observe the coiling phenomenon of liquid 

rope. Therefore, interest is felt to compare coiling 

characteristics of a Newtonian liquid (silicon oil) with that of a 

non-Newtonian liquid (epoxy resin).  An experimental study is 

focused on the effect of liquid properties, different nozzle 

diameters and falling height from the nozzle to the flat solid 

static surface. A Series of experiments are carried out using 

silicon oil and epoxy resin as a working liquid. Initially, a small 

reservoir is filled with the proposed liquid, and a discharge 

nozzle is located at the bottom of the reservoir. Different flow 

regimes are observed depending on the dominance of various 

forces based on diameter, falling height, and liquid properties. 

Coiling is the dominant regime in epoxy resin while jetting is 

that for silicon oil. Meanwhile, unstable and regular coiling are 

observed in both the liquids. However, stable and unstable 

unbuckled jets are noticed only in the case of silicon oil. 

Further, the radius of the liquid rope, coil radius and coiling 

frequency are estimated from image analysis. Finally, it reveals 

that the aspect ratio of a coil stack is higher for epoxy resin as 

compare to the silicon oil. 

INTRODUCTION 

Free falling viscous liquid stream on solid surface is 

relevant in many industrial applications in various areas 

ranging from microfluidic devices manufacturing to food as 

well as glass, metal industries etc. Past researchers have already 

explored the propensity of viscous liquid rope to coil up on 

solid static of different liquids. Moreover, previous literature 

has widely observed the coiling behaviours of Newtonian 

liquids like honey, chocolate syrup, high viscous oil, and 

molten glass.  

The behaviour of liquid coil depends on several 

parameters like falling height, flow rate and diameter of the 

opening has been explored [1,2,3,4]. In the majority of the 

studies, the influence of nozzle diameter, falling height on 

coiling characteristics are performed for gravity-driven flows 

more than the pressure-driven flow by using Newtonian liquid 

[3,5,6].  

Cruickshank et al.,[7] performed an experiments with 

Dow Corning 200 silicone oil (Newtonian liquid) and reported 

the gravity-driven buckle and unbuckle axisymmetric jets on 

solid surfaces with different falling heights. They also observed 

the coiling and folding regimes. Further, Habibi et al.,[8] 

performed the experimental and theoretical study on liquid 

coiling by using 2-4 mm diameter of the nozzle, constant 

flowrate and different heights (2-1500 mm). Silicon oil is used 

as a working liquid. They reported different flow patterns such 

as folding with rotation, steady coiling, axisymmetric 

stagnation flow and finite-amplitude perturbation. All 

experiments were carried out with gravity. Habibi et al.,[2] 

were done the experimental study using different viscosity of 

the silicone oil, nozzle diameter and falling height. Each 

experiment was executed by the gravitational force on a static 

base. They reported the buckling phenomena, different coiling 

frequencies, and stage diagrams involving stagnation flow, 

steady coiling, rotatory folding, supercoiling, and periodic 

column collapse. In order to, bubble entrapment behaviour 

inside liquid rope coil is observed by Hosseini et al.,[9].  

Further, they observed the size of bubbles rate of generation 

and reported the effect of falling height, flow rate and viscosity 

on bubble size. In addition, they reported astonishing spiral 

patterns generated in supercoiling state and showed that the rate 

of mono or bi-disperse bubbles generation is proportional to 

coiling frequency.  

A literature review reveals that most of the previous 

studies have only used Newtonian viscous liquids and their 

characteristic parameter for static base surface. By consider 

existing literature, the present study aims to explore the 

influence of non-Newtonian liquids on coiling behaviour on 

static surfaces and their comparison with Newtonian liquid.   

NOMENCLATURE 

DR [mm] Rope diameter

H [mm] Liquid falling height between the nozzle and flat surface

DN [mm] Nozzle diameters
f [Hz] Coiling Frequency 

Ws [mm] Maximum stack width

EF [Kg.m2/s2] Energy flux 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 933 of 1061



    

 

Subscripts 

S  Stack  

Max  Maximum 

 

EXPERIMENTAL SETUP 
 

A schematic diagram of the experimental setup is shown in 

Figure 1. A small reservoir of a square cross-section of 0.1 m × 

0.1 m × 0.25 m is made of transparent acrylic resin. Five 

different diameters of the nozzles are used to study their effect. 

The internal diameter of the nozzle (DN) are 2, 3,5, 7 and 9 mm. 

All nozzles have circular cross-sections and the valve is 

connected the valve having lever to enable manual open and 

close. They are equipped at the bottom plane of the tank.  

In the present study, Silicone oil and Epoxy resin are used as a 

working liquid. Details of the properties of the liquid are listed 
in table 1. The density of the liquid is measured by using a 

specific gravity bottle. The viscosity of the liquids is measured 

by a Rheometer (MCR 100, Anton Paar, USA), with the 

measurement error lying within a range of ±1%. The 

goniometer (DSA 100, KRUSS, Germany) estimated interfacial 

tension using the pendant method with a measurement error of 

±2%. The shear stress is a curve fitted to the shear strain rate 

with a power-law model of τ ₌ κγn where κ is the power-law 

constant, n is a power-law index. The power-law equation for 

silicone oil was τ ₌ 0.177γ0.99 and for epoxy resin was τ ₌ 

4.36γ0.87. From the measurement of viscosity with shear strain, 

it is determined that silicon oil showed Newtonian and epoxy 

resin showed non-Newtonian behaviour. 
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Figure 1 Experimental setup  

For all experiments, the working liquid is first filled in the 

reservoir up to half of its capacity. The discharge port is opened 

after 15 minutes of filling the tank to ensure the state of rest 

because of gravity-driven flow. As the outlet is opened, the 

liquid starts coming out under the influence of gravity. A jet of 

liquid like a rope starts falling on the solid surface and forms a 

stack over the base surface. The falling liquid is collected in a 

petri dish which is kept onto the base surface and supported 

with fixtures from 4 sides to prevent it from tumbling. Now, the 

valve is kept open for approximately 10 seconds so that the 

dynamics of the liquid rope can be captured in the camera. 

Now, this procedure is repeated with different falling heights, 

namely 50 mm, 100 mm and 150 mm for each nozzle outlet 

diameter. The same experiment is repeated to observe the flow 

patterns generated due to the different viscosity of liquid 

rope’s. 

The whole experiment is captured by a high-speed video 

camera of AMATEK Phanton MIROLAB 110, at 1000 to 2000 

fps with 1280 × 800 pixels resolution and 100 μs exposure 

time.  LED light (Osaka OS 300 Mark III) and diffuser is used 

for a perfect shadow of the test section. Open-source ImageJ 

software is used for the calculation of various parameters and to 

find the behaviour of different flow regimes from the 

experimental images. 

Initially, the experimental image was captured with a 

calibration scale at a fixed resolution. After that, all 

experimental videos were captured with a fixed scale. The 

video was split into image frames using PCC software. The 

same calibration scale was now used for image analysis in the 

ImageJ software. The known distance is set as a standard scale 

for calculating the number of pixels in all images. The diameter 

of the jet is measured at the height when the jet diameter 

becomes constant.  

 
Table 1. Physical properties of fluids. 

Name of 

fluid 

Density 

(kg/m3) 

Dynamic 

viscosity 

(Pa.s) 

Surface 

tension 

(N/m) 

Gravitational 

Acceleration 

(m/s2) 

Silicon oil 920 0.15 0.0187  

9.81 Epoxy resin 1343 2.98 0.052 

RESULTS  
Influence of viscous liquid properties on liquid coiling and 

there several characteristics of falling viscous liquid on flat 

solid surfaces are analysed in this section. 

 

Figure 2 depicts the three different mechanisms of liquid rope: 

Jetting, Buckling, Coiling. Initially, jetting and buckling 

followed by coiling are observed, and liquid rope breaks due to 

the weak strength or tensile stress of the liquid rope known as 

dripping. Figure 3 depicts that the coiling phenomenon stopped 

quickly for DN = 2mm in the case of silicone oil. However, in 

the case of epoxy, dripping phenomenon is also observed in DN 

of 3mm. Moreover, small stack coiling is observed when H  

50 mm, and for the rest cases, big stack coiling occurs when DN 

≥ 5 mm. On other hand, a Big stack is observed at DN = 3mm, 

H ≥ 50 mm. Hence, as a Further, three major flow patterns are 

observed: Dripping, Jetting, and Coiling. In dripping, it is 

observed when the incoming jet diameter is very small. The 
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flow is discontinuous and breaks frequently making it look drop 

like flow. In jetting, when liquid rope falls and touches a flat 

solid 
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Figure 2 Schematic of continuous flow behaviour of falling 

liquid rope on solid flat surface (a) Jetting, (b) Buckling (c) 

Coiling. 
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Small stack coilingDripping Big stack coiling

 
Figure 3 Photographic comparison of falling liquid behaviour 

from different DN in case of both liquids. 

 

surface. There is no buckling or deformation of the falling jet. 

Jet is unstable, and buckles are termed as on set buckling. 

Further, the coiling phenomenon is observed when the jet's 

length becomes large and form of helical like the structure of the 

viscous liquid The coiling can be further classified as small stack 

coiling, and big stack coiling and the jetting can be further 

classified as unstable jetting and stable jetting as shown in 

Figure 3. 

Figure 3 indicates the representative picture of some flow 

patterns observed for particular falling heights H= 50mm and 

different DN for both silicone oil and epoxy resin. The only 

jetting pattern is observed in case of silicone oil for H ≤ 50 mm, 

DN >5. While dripping and coiling observed in case of epoxy 

resin. No jetting is observed in epoxy resin. Result, the major 

difference is that jetting is dominant in the case of silicone oil 

but there is always liquid coiling in epoxy resin for the same DN 

and H as shown in Figure 3(b). It is noticed that the steady 
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Figure 4 Liquid rope diameter (DR) as a function of the nozzle 

(DN) diameter (a) Silicone oil (b) Epoxy resin 
  
coiling develops for DN = 3 and 5 mm. On the other hand, a 

stable unbuckled jet is formed at DN = 7 and 9 mm at H = 50 

mm. Hence it can be concluded that an increase in inertia leads 

to unbuckling of the liquid rope. Buckling in viscous liquid is 

attributed to the balance of inertia and viscous effect.  

 

  

H = 50mm H = 150mm

Small stack  coil Big stack coil 

 
 

Figure 5 Comparative photographs of falling liquid from same 

DN =9mm at different heights (a) Stable and unstable unbuckled 

jet of Silicone Oil (b) Coiling of epoxy resin.  

 

Further, the influence of DN and H on rope diameter (DR) are 

explored. The effect of DN on liquid rope size at different liquid 

falling heights can be seen in Figure 4(a) and 4(b).  Figure 4(a) 

reveals that the radius of liquid rope (DR) is increased with 
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increased nozzle diameter DN. It is noticed that the diameter of 

the rope is large at the small falling height H = 50 mm due to 

compression. On the other hand, epoxy resin shows different 

behaviour as shown in figure 4(b). At first with a lower nozzle 

diameter, the DR is lower than increases and stabilizes. The zero 

value of DR indicates there is no continuous liquid jet formation 

instead, it is dripping flow.  

 
 
Furthermore, stable and unstable unbuckled jet formations are 

observed in the case of silicone oil because tension is generated 

into the liquid rope with increased falling height (H).  On the 

other hand, only coiling phenomena is observed in the case of 

epoxy resin as shown in figure 5 and big stack coiling is 

generated with increased H.  As a result, the diameter of the 

nozzle (DN ≥ 5 mm) shows the buckling and coiling phenomena 

due to compression stress induced is higher than the tensile 

force. Stable and unstable unbuckle jet shows when nozzle 

diameter (DN >7 mm) at H = 50 mm and 150mm, respectively. 
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Figure 6 Liquid coiling frequency as a function of liquid falling 

height (H) with different DN (a) Silicone oil (b) Epoxy resin 

 

In order to the coiling frequency f (Hz) is measured for all the 

cases when coiling occurs. Coiling frequency is measured by 

using the recorded experimental video. The number of spirals 

per second is reported as coiling frequency. From figure 6, it is 

clearly observed that the linear trend of the coiling frequency f 
increases with the increase DN and then decrease in case of 

silicone oil. However, in case of epoxy resin, frequency of coil is 

increased with increased DN due to high viscous dominating 

effect. The higher frequency is observed at higher falling height 

H = 150 mm in both the liquid due to an increase in inertia force 

acting on the liquid jet of inertia. Moreover, the coiling 

frequency is also affected by the diameter. In the case of H = 50 

and 100, the f does not vary much with an increase in nozzle 

diameter. The coiling is regular and at DN = 9 mm, the coiling 

becomes irregular as coiling is much faster. Such irregular 

coiling is also termed as secondary buckling [3].  
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Figure 7 Variation of the aspect ratio of a stack of coil with 

liquid falling height (H) for different DN (a) Silicone oil (b) 

Epoxy resin.  

 

Further, the next interest felt in evaluating the aspect ratio of 

stack (Ws/Hcs). The ratio of maximum stack width to height is 

known as an aspect ratio of the stack. The maximum stack 

height (Hcs) and width are measured after the heap of coils 

process then repeat itself with the well-defined coiling period. 

High-frequency inertial coiling forms the hollow column whose 

length greatly exceeds rope diameter. It reaches a maximum 

height and collapses under its own weight. This phenomenon is 

termed secondary coiling. The maximum height and width of 

the stack is calculated before collapsing for different DN in both 

the cases. Figure 7(a) depicts that the aspect ratio of stack in 

terms of maximum stack width and height in case of silicone 

oil. A decreasing trend of aspect ratio (<1) is observed with 

respect to falling height (H/Hmax) at one case of DN = 3 mm. 

However, in case epoxy, similar trend is observed for all DN. It 

can be seen from figure 7(b) that the coiling stack width 

(Ws/Hcs) is decreased with increased falling height because of 

the high frequency of formation of a heap of coils. It is noted 

that a large stack height and width are achieved at all small 

falling height (H) due to viscous dominating flow followed by 

inertia and gravity dominating the flow.   
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Figure 8 Energy flux with respect to H and DN (a) Silicone Oil 

(b) Epoxy resin 

 

 The kinetic energy (Energy flux) associated with incoming 

falling liquid jet can be written as below:  
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The energy flux for silicone oil and epoxy resin is plotted in 

Figure 8. When the stagnant high viscous liquid starts flowing 

through the nozzle due to the influence of gravitational force. 

the head inside the tank does not remain constant during the 

draining process. But, the effect of the same is negligible and is 

ignored in present study. Physical parameters such as falling 

height and nozzle and rope diameter has larger effect compared 

to the head. However, tiny perturbations exist in rope i.e. 

friction between the nozzle and falling stream. The kinetic 

energy of the falling jet increases as falling height increases 

because the velocity of the incoming jet is higher due to inertia 

(can be observed in both silicone oil and epoxy resin). As 

nozzle diameter increases, the EF increases as the total mass 

incoming in falling liquid is for the same height (see Figure 8 

(b)). A slight decrease is seen at DN = 9 mm and H = 150 mm 

because the frequency of coiling is reducing at a higher nozzle 

diameter. As a result, energy flux increases the coiling when 

falling height rises in the case of both liquids. 
 
CONCLUSIONS  

In order to investigate the liquid coiling phenomena that 

happened under gravity. Influence of liquid properties, size of 

nozzle and liquid falling height on coiling is observed. 

Characteristics of coiling are studied experimentally. Further, 

the study can be concluded that  

• The different flow patterns of coiling are observed, 

such as dripping, coiling, jetting. 

• In case of silicone oil, a stable and unstable 

unbuckled jet is observed at the same diameter of the 

nozzle with different falling heights while jet is not 

formed in case of epoxy resin 

• In case of epoxy resin, only dripping and coiling 

flow patterns are observed.  

• Coiling frequency increased with decreased nozzle 

diameter and increased height. 

• Small stack coiling is observed at a small falling 

height and nozzle diameter. 

• Coiling formation is delayed in epoxy resin more 

than the silicone oil due to high viscosity.  

• Energy flux is increased with falling height in both 

cases. 
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ABSTRACT 
In the physics of bubble dynamics and, the oscillations of a 

single bubble represent a large amount of engineering problems 

in cavitation and medical applications. In this work the main 

interest is to study the effects of surface tension as function of 

temperature during the process of oscillations and cavitation, 

this implies a conjugate flow-heat transfer problem, that can be 

described as, the Rayleigh-Plesset equation, the Vander Waals 

equation for the surface tension and the Energy equation in the 

surrounding liquid with the Mass, Momentum and Energy 

balance equations at the interphase. For these it is required a 

full numerical solution for the temperature in time and space, to 

obtain a bubble radius and simultaneously solve the R-P 

differential equation In the present work shows a particular 

limit that simplifies the temperature to be only a function of 

time for the temperature changes in a thin layer at the bubble 

surface. Using a similarity solution in first approach for the 

Energy equation to get the temperature in time can be 

substituted in the Van Der Waals equation in the R-P equation. 

This way of simplification leaves a single nonlinear 

nondimensional differential equation that will be solved using a 

4th order Runge-Kutta method for the evolution of the bubble 

radius for different Reynolds and Weber numbers 

INTRODUCTION 
The dynamics of a single bubble oscillation, growth and 

collapse develops in two main topics the thermal [1-3] and the 

inertial [4]. In the inertial case the thermal effects are taken as 

mechanical dampers in the Rayleigh-Plesset equation, however 

in the final stages of the collapsing bubble the thermal effects 

become more important [5-6]. The variation in time and space 

of the surface tension between the liquid and the gas inside the 

bubble represents another damping effect. Many studies [7-8] 

with surfactants and mass transfer with robust mathematical 

models are developed. 

The objective of the present work is to obtain a model of the 

bubble collapse with the surface tension variable with 

temperature, using the heat transfer equation as in the thermal 

controlled mechanism together with the inertial R-P equation 

and the Van Der Waals type equation for the surface tension. 

Parametric simplification of the physical limits will be 

developed to offer a similarity solution of the energy equation, 

for the temperature and a numerical simulation of the R-P 

equation with the surface tension as function of the 

temperature. 

NOMENCLATURE 

a [-] Non dimensional outside radius 

A 

CT 

n 

[N/m] 

[-] 
[-] 

Surface Tension constant  

Temperature relation constant 
Surface tension exponent 

po [N/m] Equilibrium pressure 
pA [N/m] Driving pressure  
pg0 [N/m] Initial gas pressure inside the bubble 
PA 

Pe 
[-] 
[-] 

Non dimensional driving pressure 
Peclet number 

R 

R0

[m] 

[m] 
Bubble radius 

Equilibrium radius 
r [m] Radial coordinate

Re [-] Reynolds Number

t [s] Time

Tc [K] Liquid critical temperature 
T 

T0

[K] 

[K] 
Liquid temperature 

Equilibrium temperature 

We [-] Weber Number 
WeT [-] Thermal Weber 
w1 w2 [N/m2] Mooney-Rivlin Elastic first and second constants 
x [-] relative amplitude in perturbation analysis 

Special characters 
α [m2/s] Thermal diffusivity in the liquid 
 [-] Non dimensional equilibrium pressure 
 

go 

 

 

[-] 
[-] 

[kg/m3] 
[Pas] 

Non dimensional driving pressure 
Non dimensional gas equilibrium pressure 

Liquid density 
Liquid viscosity 

 [N/m] Surface tension  
 

 

 

 

 

 

 

[W/mK] 
[-] 

[-] 

[-] 
[-] 

[-] 
[-] 

Liquid thermal conductivity 
Dimensionless coordinate 

Stretching variable 

Similarity variable 
Scaling parameter 

Dimensionless time 
Dimensionless temperature 

 [-] Ratio of specific heat capacities 

 [1/s] Angular frequency 
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MATHEMATICAL MODEL 
The R-P equation (1) stands for a single bubble immersed in 

a semi-infinite liquid, fig. 1. In which far away from the bubble 

an oscillating pressure field is imposed. For this case the liquid 

surrounding the bubble is considered Newtonian with constant 

viscosity and density   

 
3

2 0
0 0

43 2 ( )
cos 0

2
A G

R R T
RR R p p t p

R R R


 

 
  

+ + + − + + =   
   

 

        (1) 

The surface tension relates with temperature through a Van 

der Waals type expression that takes the from [9] 

( )

n

C

C

T T
T A

T


 −
=  

 

     (2) 

The energy equation 
2 2

2 2

2T R R T T T

t r r r r r


    
+ = + 

    

   (3) 

These equations are subject to the initial and boundary 

conditions 

( ) ( ) ( ) ( )0 0 00 ,  0 0,  , 0 , ,R t R R t T r t T T r t T= = = = = = → =  

        (4) 

A bubble of initial radius which its surface it’s at rest, also 

the liquid and its surroundings keep an initial equilibrium 

temperature, this implies that the pressure, and the other 

physical properties have already known equilibrium values. 

The balance heat conduction and surface tension the 

interface is [10] 

 

  
2 ( )

r R

T T R

r R




=


=


    (5) 

 

The hypothesis for this is that heat conduction produced by 

the compression goes entirely to the surface tension energy 

term. All other forms of energy at the surface, the pressure and 

viscosity stresses, the effects of compression and thermal 

heating of the gas inside the bubble are neglected [11].  

 
Figure 1 Bubble immersed in a semi-infinite liquid 

NON-DIMENSIONAL EQUATIONS 
The non-dimensional approach normalizes the equations 

and generates the parameters that control the phenomena, the 

variables take the form 

0 0 0

 ;   ;   ;   C

C

T TR r
t a

R R T T
   

−
= = = =

−
 

  

Taking these scales to equations (1-5), non-dimensional R-P 

equation is 

( )2

0 3

3 4
cos 0

2

nG
A T

a We
aa a C

a Re a a


   + + + − + + =  

        (6) 

The energy equation 
2 2

2 2

1 2a a

Pe

   

     

    
+ = + 

    

  (7) 

 

For the initial and boundary conditions 

( ) ( ) ( ) ( )0 1,  0 0,  , 0 1,  , 1a a       = = = = = = → = (8) 

 For the balance energy equation 

( )
n

T T

a

a
We C

a






=


=


    (9) 

 Where the parameters are defined as 

0 0
02 2 2 2 2 2

0 0 0

2 2

0 0

3 2

0

0 0

0

;  ;  ;  

2
;  ;  ;  

2
;   .

( )

G A
G A

l

C
T T

C C

P PP

R R R

R R A
Pe Re We

R

T T R A
C We

T T T

  
     

  

   





= = =

= = =

−
= =

−

 

SIMILARITY SOLUTION 

 
It was found that for small bubbles in ultrasound the Peclet 

Number 1Pe , this means that heat transfer occurs in a thin 

boundary layer next to the bubble wall. In equation (7) the 

terms multiplied by the Peclet Number, in the infinite limit 

disappear, this is a called singular problem because the largest 

derivative is lost. Therefore, the equation must be rescaled in 

terms of the Peclet Number. With the aid of a similarity 

variable an analytical solution can be obtained. For these, a new 

stretching variable can be written as 

( )
2

a 




−
=        (10) 

Where 

1

2Pe
−

= and equation (7) results 

( )

( )
( )

2

22 22

2
2

2 42

1 1

1 1

a a a

a

a
Pe a

  

       


 

   

    
− + =

    +

  
+ 

  +

  (11) 

 

Considering that 

( )
2

2
2

2 2 2 1a a
a

 
  

 
= + = + 

 

   (12) 
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And that the terms related to ε can be neglected, the 

following simplification can be made 

( )
2

2 2 21 /a a a +  taking this to (11) the equation 

simplifies to 
2

2

2

 


 

 
=

 
      (13) 

This simplification moves the problem to the inner zone of 

the boundary layer interface, the consequences are that the 

curvature is neglected, and the conduction decouples from the 

oscillatory problem. To solve the singularity in space a scaled 

similarity variable is introduced as 
2





= equation (13) can 

be written as 
2

2
2

d d

d d

 


 
= −      (14) 

The main feature is that the equation turns to be ordinary 

and second the singularity posed by the term in 
2 is solved, so 

the complete mechanisms of heat transfer conduction and 

advection are retained together. 

Integrating twice (14) an analytical solution for the 

temperature can be obtained 

( )2

1 exp
d

C
d





= −      (15) 

And 

( ) ( )2

1 2 1 2
0

exp
2

C d C C erf C


   


= − + = +  (16) 

Where ( )erf  is the error function, the two constants of 

integration must be obtained from the initial and boundary 

conditions near and far away from the bubble, from the 

transformation of equation (9) with (15) and evaluating in 

0 =  

( )( )1 2
2 0

n

T T

a
C We C

a
  = =     

  (17) 

In the limit where ( )lim 1erf



→

= away from the interface 

and taking the initial and the first boundary condition equation 

(16) yields 

1 21
2

C C


= +      (18) 

Substituting (16) in (17) and solving with (18) for 2C  

( )( )2 2
1 0

n

T T

a
C We C

a
   = − =   (19) 

Finally, in equation (16) the temperature results knowing 

that ( )0 1  = =  

 

( ) ( )2
1

n

T T

a
We C erfc

a
   = −    (20) 

NUMERICAL SOLUTION 
The system described by equations (6, 8, 10 and 20), needs 

to be solved numerically, equation (6) is to be solved using 

Runge-Kutta 4th order method starting with the initial 

temperature, returning the radius and its derivative to equation 

(20), evaluating it for the error function in the next time step to 

generate a loop for the R-P equation number (6), this algorithm 

was programmed in Absoft Pro Fortran 2021®. For the 

parameters some data taken mainly from [12] in concordance 

with classical ultrasonic cavitation [13] for the bubble and for 

the surface tension from [9] 

  
2

1

0 0

0 03

0.132 ,  0.995,  0.598 ,  1.47 7

1 6 ,  647 , 300 ,  1.887 7

1.4,  =1000 ,  =1E-3Pas, 1 ,  0.1

C

A g

N W m
A n E

m mK s

R E m T K T K E s

kg
p MPa p p MPa

m

 



  

−

= = = = −

= − = = =

= = = =

 

With these values the parameters approximately take the 

following 

0

0.0743,  0.024,  0.088,  1.126

0.536,  0.285, 128.3,  Re 18.85

T A

T

We We

C Pe

 



= = − = =

= = = =

 

For the next graphs the parameters were extended to show 

the influence of them in one order of magnitude although the 

more realistic ones are shown above. 

RESULTS AND DISCUSSION 
In fig. 2 the radius versus time for different values of the 

forcing pressure signal, the first aspect as expected at low 

forcing the oscillation is negligible. For a medium forcing the 

oscillation is larger nonlinear and completely irregular the 

damping limits the oscillation to a maximum radius that finally 

collapses the bubble. For the larger forcing the bubble 

resistance is overrun and the bubble breaks after just one 

oscillatory period. To show the concordance of the radius and 

the temperature in time, fig. 3 is next to fig. 2, at the periods of 

lowest amplitude in the bubble radius the temperature takes 

very large values because the compression and the almost 

collapses. 

0 10 20 30 40 50

0

2

4

6

8

10

WeT=-0.024

=0.088

We=0.743
 

 

a



 A=0.113

 A=1.13

 A=11.3

 
Figure 2 Radius versus time for different forcing values 
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The temperature also shows oscillation around the initial 

value with dramatical changes due to the large variations in the 

radius and a fast recovery for the next oscillation, and as time 

runs the bubble stabilizes as the temperature does. 
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0.0
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WeT=-0.024

=0.088

We=0.743

 

 





 A=0.113
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Figure 3 Temperature along time for different forcings 

 

Fig. 4 is the phase space of radius against its derivative, it 

shows the magnitude of the derivative at the collapse instant in 

which the radius also takes the smallest value provoking on 

equation (20) infinite values for the temperature 
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Figure 4 Phase space for 1.13A =   

 

Fig. 5 is radius versus time for different inverse square 

Peclet compared to the constant surface tension of the Young-

Laplace equation, all other parameters constant 

and 1.13A = . In both cases the surface tension term is a 

restitutive term for the oscillation, however as the temperature 

rises it lowers the restitutive surface tension effect is expected 

to have a lower overall value. The radius amplitude is lowered 

as the Peclet grows. 
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a



 =constant

 =0.088

 =0.0088

 
Figure 5 Radius versus time with constant and variable surface 

tension with 1.13A = . 

 

Another aspect is the dephasing of the oscillations, however 

at the initial time both   are undistinguishable but when 

reaching 20 the physics is completely different very nonlinear 

oscillations not periodical in time. 
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Figure 6 Temperature along time for constant surface tension 

compared with the variable one for different   

 

 Figure 6 is the temperature evolution correspondent to the 

radius in fig. 5 the interesting is that because of the lower 

restitutive effect of the surface tension the temperature reaches 

finite values not as the constant case that reaches infinite or 

very large values. Apparently if the surface tension is constant 

as in the last figure, the temperature would not have a role in 

the oscillatory problem. However, equation (20) still has a 

solution because it depends on the radius and the parameters 

TWe  and 
TC which represent the molecular behaviour of the 

surface. The hypothesis for very large Peclet gives an analytical 

solution that might obscure the conduction in the liquid, in this 

case for  0.0088 = , the finite values of the temperature, on 

the other hand indicate that the heat is dissipating by advection 

more efficiently in the thin boundary layer in two periods of 

time 35 and 45, this tendency will be repeating for the 

subsequent periods of time. This means that there is no more 
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energy available, some of it dissipates through heat while in the 

constant case the radius grows for each cycle.  

 

In figure 7 the variation of the 
TWe parameter, although in 

equation (20) this parameter is multiplied by  this fact might 

suggest a new conjugate parameter, it is of great importance to 

discriminate both effects. For small values of this thermal 

Weber the oscillations are highly non periodic and nonlinear of 

larger amplitude but for longer cycles the tendency is to damp 

the oscillations and to periodize them. 
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Figure 7 Radius versus times for different 

TWe  

 
The correspondent temperature profile for fig. 7, figure 8 

for low thermal Weber the temperature shows a slightly flat 

curve between cycles but larger values for temperature for the 

other two cases a finite temperature might be found for longer 

cycles. 
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Figure 8 Temperature along time for different thermal Weber 

numbers. 

 

Finally, the most damping parameter the regular Weber 

number, figures 9 for the radius and 10 for the temperature, for 

the radius the amplitude is smaller the frequency of the 

oscillations is larger and very low nonlinear ones.  

0 10 20 30 40 50

0

1

2

3

4

5

6

WeT=-0.024

=0.088

A=1.126

 

 

a

 We=0.074

 We=0.743

 We=7.43


  

Figure 9 Radius versus times for different We  

 

The temperature graph in fig. 9 shows the damping effects 

of the radius and for large Weber numbers there is always a 

finite value of temperature 
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Figure 10 Temperature along time for different Weber 

numbers. 

 

For a very large Weber number the temperature oscillates 

briefly and then stabilizes in 1.  

CONCLUSION  
 

Typically, the surface tension in the sonoluminescing 

phenomena the surface tension is regarded as a damping effect 

[14], the temperature generated from the oscillations would 

decrease the effect of it, but as can be seen mainly from figure 

5 the constant surface tension is the largest radius of all. This is 

because the surface tension term works as a spring in the R-P 

equation, its rigidity is restorative for the oscillation because 

the radius is inverse in this term. 

The solution obtained gives a direct relationship between 

the radius and the temperature in the wall of the bubble through 

the complete energy equation solution. The heat transfer occurs 

at a great speed the temperature goes from positive to negative 

in very short time.  
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For the case when the bubbles are damped the temperature 

reaches finite values this is because there is no more energy to 

restore the previous value of the radius due to the thermal 

dissipation the system would eventually stop oscillating and 

would stop heating. 
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Abstract 
An investigation into the effects of different fan 

airflow rates on a heat sink inside a computer case 

will be done to find the optimal configuration of the 

system to maintain the processor at an appropriate 

temperature. Electronic components such as a 

processor heat up as it is in use. It is important to 

maintain electrical components at acceptable 

temperatures since overheating can cause data 

corruption and in severe cases permanently damage 

the processor. To investigate the effects of different 

airflows a personal computer will be used to gather 

experimental data, such as the wattage usages, the 

temperature, and the RPM of the fans. Two 

applications will be used to collect the data to ensure 

that the data is accurate. These applications are 

HWMonitor And OpenHardwareMonitor. For the 

experiment, two case studies will be considered. 

When the PC is in idle use and when it is under high 

stress. It is expected that in these cases the load on 

the processor will vary greatly. To maintain a stable 

temperature the fan speed is automatically increased 

via the system. To find the optimal fan placement 

and flow rates, Ansys Fluent was used to reconstruct 

and model a similar case. With the heat sink 

modelled and a heat flux applied according to the 

wattage found in the experiment.  

Nomenclature 

Re Reynalds number  - 

ρ Density  kg/m3 

V Velocity  m/s 

L Characteristic length m 

μ Dynamic viscosity kg/m.s 

Nu Nusselt Number  - 

h Heat transfer coefficient W/m2K 

k Thermal Conductivity W/m.K 

q Heat flux W/m2 

Tw Heat source temperature oC 

Tf Air temperature  oC 

Introduction 
Computers have become a standard in all aspects 

of our modern lives. With increasingly powerful 

processing power cooling of the processor has 

become paramount to ensure that the computer can 

run smoothly without error. To this regard heat sinks 

are used to extract heat from the CPU [1]. The 

standard heat sink is comprised of plate fins 

extruding from an interface contacting the CPU. 

Plate fins are preferred for their small pressure drop, 

easy designing, and ease of manufacturing. The fins 

greatly increase the surface area exposed for heat 

exchange and if required a fan can installed atop the 

fins to increase the air flow to enhance the heat 

transfer [2].  

Xiangrui Meng et all [3] investigated the mounting 

angles of rectangular fins to find the optimal angle 

for attachment. They found that the optimal cooling 

power was achieved at 90o, while the least optimal 

was found to be 15o. They further stated that the 

main factors influencing the cooling power of the 

heat sink was its stagnation zone. The stagnation 

zone varies depending on its location and the 

mounting angle. Decreasing the stagnation zone is 

an effective way to increase heat sink performance.  

Kim et al [4] investigated the thermal 

performances of pin-fin in comparison to plate-fin 

heat sinks. Both subject to impinging flow. They 

found that the plate-fin heat sink had lower thermal 

resistance when the pumping power was large, and 

the length of the heat sink small. Contrary, the pin-

fin heat sink had lower thermal resistance when the 

pumping power was small and the length long. Thus, 

for forced convection the plate-fin heat sinks would 

be an optimal choice while pin-fin would be optimal 

for natural convection or a fan with a smaller CFM.  

An investigation into the optimization of plate-fin 

heat sinks was performed by Kim et al [5] where 

they found that the thermal resistance could be 

decreased by increasing the fin thickness in the 

direction normal to the fluid flow. Kim et al found 

that the thermal resistance could be reduced as much 

as 15% which they suggest might make it suitable 

for next generation cooling solutions.  
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Figure 1: Computer used in experiment 

Figure 2: Computer side view 

Attempting to find the optimal plate-fin heat sink, 

Li and Chao [6] found that multiple variables need 

to be considered. Firsly, for constant fin width, the 

heat sink with the highest fins would have the best 

thermal performance. Secondly, for constant fin 

height, the fin width that provides the best thermal 

performance increases the Reynolds number. If 

further increase in fin width would not increase the 

Reynolds number, then it would degrade the thermal 

performance of the heat sink. Thirdly, the thermal 

resistance increases with Reynolds number until a 

certain value, after which improvement becomes 

limited. And lastly, the pressure drop increases as 

Reynolds number, the fin width, and the fin height 

increases.  

Experiment 
An experiment was performed to gain an 

understanding of what happens to the CPU when 

under load. In the experiment two different 

measurement applications were used to account for 

inaccuracy of measurement and two cases were 

recorded. Case 1: CPU idle, when the computer is 

not doing any complex tasks and is simply used as 

in daily use. Case 2: CPU under high stress, using a 

CPU stress test the CPU is placed under stress so it 

is as near to a hundred percent load as possible 

without causing the system to fail. The data of the 

two cases is shown in the tables below as well as in 

the two graphs.  

 

Experimental Setup 
 

The experiment was done on a personal computer 

with an internal layout as shown in the figure below. 

The back fan is an inlet, the front fans are outlets. 

The fan of the CPU is an impeding fan, and the top 

of the case is grated allowing air to move in or out. 

The experiment was repeated for two cases, idling 

conditions and when the CPU is under high stress.  
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Figure 3: Heat sink used in experiment 
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Figure 4: Temperature vs time graph 
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Figure 5: Wattage vs time graph 
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Figure 6: Fan speed vs time graph 
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Accuracy of measurement 
To ensure accurate measures two applications were 

used to gather data. On the results graphs of the 

experiment, it can be seen that the deviation between 

the applications is small. The experiment was also 

repeated to ensure further that the data is accurate.  

Results of experiment 
 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

In the above and below graphs, App1 references to 

the HWMonitor application and App2 references to 

OpenHardwareMonitor application. The cases0 to 2 

references to the repeated runs of the experiment, 

with Case0 being the first run and Case 2 the third.  
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Boundary conditions 
The simulation with ANSYS FLUENT was run at 

an ambient temperature of 293K in Pretoria, with 

Bousinessq approximation settings for air, density of 

1.02kg/m3 and atmospheric pressure set to 87kPa. 

The air boundaries were set to be pressure outlets 

and the fan with a pressure jump was found through 

repetition to be 0.5Pa, giving airflow rate of 

0.856m/s. Which gave a core temperature value 

reflective of the experimental results at high stress. 

Similarly, the heat flux was applied at a maximum 

of 15972 W/m2 for the high stress case at 115W and 

8333 W/m2 for the idle case with a wattage of 60W. 

The simulation was then repeated altering the 

airflow for the max wattage. First the airflow 

direction was altered, turning the fan into an exhaust 

fan. After, the fan was disabled to find the results of 

a natural convection heat sink. 

Numerical method 
A numerical approach for forced convection was 

followed to rationally check the solutions found in 

the experiment and simulation. For this. Cengel and 

Ghajar heat and mass transfer [7] was used as a 

reference. The aim is to find the heat flux of the heat 

sink to determine if it will be effective at cooling or 

not. First, we require the Reynold numbers.  

 

 𝑅𝑒𝐿 =  
𝑝𝑉𝐿

𝜇
 (1) 

 

Using this we can find a Reynolds of 2783, which 

is below the critical Reynolds number, thus we have 

laminar flow. Next, we need the Nusselt numbers to 

find the average convection coefficient. 

 

 𝑁𝑢 =  
ℎ𝐿

𝑘
= 0.664𝑅𝑒𝐿

0.5𝑃𝑟1/3 (2) 

 

We thus find the respective Nusselt number as 

31.54. With that we can now calculate the average 

convection coefficient, h. Finding h 74.17 W/m2,oC. 

Now we can calculate the heat flux dissipated by 

the heat sink through a few assumptions. Looking at 

the experimental data we have the core temperature 

during high stress as 63.75oC, whereas the idle case 

was 45oC. 

 

 ℎ =
𝑞

𝑇𝑤 − 𝑇𝑓
 (3) 

 

From the above equation we find the heat fluxes of 

the heat sink during idle to be 1854 W/m2 and during 

high operation 3245 W/m2.  

 

 

Simulation results 
Through the experiment, temperatures close to the 

experiment were found for the high stress case. The 

simulation was then repeated for idle case loading 

and with the airflow direction altered and removed 

completed. As expected, when the flow rate was 

turned from inlet to exhaust, there was an increase in 

the core temperature of the CPU and overall 

temperature of the heat sink. There was an even 

larger increase when the forced convection was 

removed. 

 

Figure 8: Temperature profile for forced convection 

with 115W applied 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 9: Temperature profiled for forced convection 

with 60W applied 

Figure 10: Temperature profile for forced convection 

(exhaust) and 115W applied 

Figure 11: Temperature profile for natural convection 

with 115W applied 
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Figure 16: Temperature plot trough fin according to 

position in the y-axis 

In the above figures, the highest temperature was 

reached when the forced convection was removed. 

A temperature of 360K, the next highest was that of 

the exhaust case at 339K and then, as expected, the 

high stress case had a higher temperature than the 

idle case, 327K versus 311K. 

 

Next, we will look at the velocity profiles, the cases 

of idle and high stress were mostly the same. 

However, in the case of no forced convection, a 

similar pattern to that of the exhaust case was found. 

 

Figure 12: Velocity profile for forced convection with 

115W applied 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Lastly, a plot of the temperature through a fin was 

drawn to observe the shift as one move further from 

the core.  

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Discussion of results 
The results of the simulation were consistent lower 

core temperatures than that of the experiments. This 

can be contributed to the ideal environment of the 

simulation. Inside a computer, the CPU is not the 

only component which is generating heat. This 

combined contribution will increase the local 

temperature inside the computer case, which is the 

air that will come into contact with the CPU. As a 

result, the cooling effect will be less, compared to 

the simulation where the ambient temperature was 

perfectly reflected in the air.  

It is clear from the results that the flow direction of 

the air has a significant impact on the cooling effect 

of the heat sink. This holds true also for the flow rate.  

Lastly, the temperature plot clearly illustrated why 

fins are used in cooling. The further from the core, 

the lower the temperature. This is to be expected 

since it is further from the heat source and closer to 

the cool incoming air.  

Conclusion 
It was clearly found that the application of forced 

convection increases the cooling rate of the heat sink 

significantly. It was also found that the case of in-

flow was more effective than exhaust flow. In all 

cases where airflow was stimulated, a lower 

resultant temperature was created. Thus, forcing air 

flow for cooling of electronic components is clearly 

effective at reducing the overall temperature that 

will be generated during operation. Further 

investigation in the varying air flow directions as 

well as flow rates should be done to better 

investigate the best method of cooling.  

 

 

 

 

Figure 13:Velocity profile for forced convection with 

60W applied 

Figure 14:Velocity profile for forced convection 

(exhaust) with 115W applied 

Figure 15:Velocity profile for natural convection with 

115W applied 
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ABSTRACT 
Latent heat storage may greatly minimize the issue of solar 

energy intermittent and discontinuous supply since they allow 
to store large amount of thermal energy without any 
temperature gradients. In this category, the most popular solar 
thermal application of a latent thermal energy storage system, 
often equipped with PCMs, is the flat-plate solar collectors 
(FPSC). In this application, it is important to underline that, due 
to the low thermal conductivity of most PCMs, improving 
thermal conductivity is a significant topic to enhance storage 
capabilities. As a result, porous metal foams (PMF), geometry 
modifications like finned surfaces, and nanoparticles (NPs), 
have been commonly used as thermal conductivity enhancers of 
PCM-based energy storage systems. The primary objective of 
this study is to develop a highly-efficient thermal energy 
storage system for a solar collector for use in residential areas 
and industrial applications, where particular emphasis is given 
to the effects of both working fluid inlet temperature and 
incoming heat flux. To model the PCM melting, an enthalpy-
porosity approach is employed, where governing equations are 
numerically solved with a finite volume approach. This model 
incorporates nanoparticles, when these are employed, and the 
PCM in a single-phase equivalent medium, with water serving 
as the working HTF. When the porous foam is included, a two-
energy equations local thermal non equilibrium model is 
employed. Besides, one could also consider here for the sake of 
comparison a mix of all these solutions by utilizing wavy 
surfaces too as extended heat transfer surfaces, in combination 
with the aforementioned PMFs, and NPs. Results here shown 
suggest that with adding nanoparticles (NPs) and metal foams 
(MF), the heat transfer rate augments and the melting time 
reduces, where the wavy wall helps in reducing the melting 
time. The results show that, if one constraints the HTF 
temperature at 90 °C and the incoming solar radiation with a 
value of 900 W/m2, with addition of NPs with a volume 
fraction of 5%, the melting time is reduced by 14.04%, 
compared to the FPSC without NPs. The melting time for the 
case with wavy wall, dispersed NPs and MF, in comparison 
with FPSC without NPs and MF, provides a further reduction 
of about 85.5%. This time for FPSC-wavy wall with 
NEPCM/MF has decreased by 26.07% and 40.86% when inlet 

water temperatures increase from 87 °C to 90 °C or 93 °C, that 
correspond to Stefan numbers of 0.068, 0.102, and 0.136, 
respectively. Furthermore, this time has a slight effect 
depending on the applied heat flux. Finally, it is shown that the 
average storage heat rate (pL) for FPSC with NPs and MF 
(141.29 W) is higher than Pure PCM (20.49 W), while the 
average storage heat rate (pL) for HTF with Ste = 0.136 (176.57 
W) is higher than that with Ste = 0.102 (141.29 W) or Ste =
0.068 (104.45 W), respectively. Results here shown would be
useful to appreciate if and how inlet temperature and applied
heat flux would affect the PCM performances.

INTRODUCTION 

Solar-thermal power systems have the ability to produce 
clean energy in the form of electricity as well as usable heat for 
domestic hot water and/or space heating on a large scale and in 
a variety of applications. Over the last two decades, solar 
thermal systems (STSs) have gained favor as a technique for 
tackling the issue of urban warming in the globalized economy. 
Thermal energy storage (TES) is an essential part of solar 
household hot water systems since it helps to compensate for 
the temporal mismatch between solar radiation availability and 
hot water demand. Latent energy storage (LES) systems, use 
phase change materials (PCMs) to store/release energy in the 
form of latent heat of fusion. In comparison to water-only 
systems, this provides a greater energy storage density. PCMs 
also adjust the system temperature to keep it around its melting 
point (Tm). Because of the low thermal conductivity, the heat 
transfer rate to the PCMs is slowed, limiting the system's 
storage capacity for a given charging and discharging duration. 
Thermal conductivity enhancers such as porous metal foams 
(PMF), geometry modification, and nanoparticles have been 
extensively used to improve the self-insulating behavior of 
PCM-based energy storage devices due to the low thermal 
conductivity of most PCMs [1-3].  

Lin et al. [4] studied three alternative inclination angles for 
a solar flat plate collector with a PCM, namely 10, 20, and 30 
degrees. They kept delivering hot water for another three hours 
until the PCM and water temperatures had reached thermal 
equilibrium. They discovered that a 10° collector tilt and a 0.5 
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kg/min water flow rate were the greatest settings for maximum 
output. 

Verma et al. [5] expanded on their study by investigating 
the efficiency performance of FPSC utilizing a variety of 
nanofluids, including CuO, TiO2, MWCNT, and 
Graphene/water nanofluids, and discovered that the MWCNT 
nanofluid exhibits the greatest increase in FPSC efficiency. 
Diani and Rossetto [6] investigate the melting of several PCMs 
at various melting temperatures, such as 42, 55, and 64 °C. 
Copper foam with a relative density of 9.5 % (porosities of 
90.5%) performed slightly better than copper foam with a 
density of 6.7 %, according to the findings (porosities of 93.3 
%). Similarly, the melting temperature of the PCM is 
determined by the length of time the passive cooling device 
must operate. The melting and solidification characteristics of a 
double-pipe latent heat storage system with sinusoidal wavy 
channels embedded in a porous medium were examined by 
Shahsavar et al. [7].  When compared to the smooth channel 
pure PCM system, the melting and solidification periods of 
PCM are reduced by 91.4 and 96.7 percent, respectively; 
however, the average rate of heat transmission for the wavy 
channel composite PCM is 10.4 and 18.9 times that of the 
smooth channel pure PCM instance, respectively. 

The main concern of this work is to provide which would be 
the best solution among different ones in order to maximize 
aspects like charging process (melting) time and stored energy 
with references to different inlet water temperatures or 
incoming heat fluxes. Because of typical operation 
temperatures, paraffin waxes, namely RT82, are embedded 
within aluminum foams with 10 PPIs, 0.95 porosity, and/or 
nanoparticles (Al2O3) with 5% volume fraction. All these 
solutions, for wavy walls, will be investigated here to figure out 
which would be the best combination in terms of variables like 
liquid fraction and stored/ recovery energy. 

NOMENCLATURE 
Am [kg/m3s] Constant of mushy zone  

Asf [m-1] Interfacial surface area  

Cf [m-1] Inertial coefficient  

C [J/kgK] Specific heat capacity 

dl [m] ligament diameter 

dp [m] Pore size 

D [m] Pipe Diameter 

g [m/s2] Gravity acceleration 

hsf [W/m2K] Interfacial heat transfer coefficient 

k [W/mK] Thermal conductivity 

K [m2] Permeability of porous foam 

L [m] Pipe length  

Lf [J/kg] Latent heat  

𝑚𝑝𝑐𝑚 [kg] PCM mass 

p [Pa] Effective pressure  

pL [W] Rate of heat storage/recovery 

Q [J] Energy  

r [m] Pipe radius 

t [s] Time  

𝑡𝑚 [s] Melting time 

T [°C] Temperature 

Te [°C] Endpoint temperature 

Ti [°C] Initial temperature 

Tl [°C] Liquidus temperature 

𝑇𝑟𝑒𝑓 [°C] Reference temperature 

Ts [°C] Solidus temperature 

u [m/s] x-direction velocity 

 v [m/s] y-direction velocity 

 w [m/s] z-direction velocity 

 
Special characters 

ρ [kg/m3] Density of fluid 

  [-] Volume fraction of nanoparticles 

λ [-] Liquid fraction 

β [K-1] Coefficient of thermal expansion 

μ [kg/ms] Dynamic viscosity  

ε [-] Porous foam porosity 

ω [PPI] Pore density 

α [m2/s] Thermal diffusivity 

v [m2/s] Kinematic viscosity  

 
Subscripts 

np  Nano-PCM 

 n  Nanoparticle 

 e  Effective value 

f  Liquid nanoPCM 

ini  Initial 

 s  Porous foam  

 l  Liquid phase 

Acronyms 

FPSCs  Flat plate solar collectors 

HTF  Heat transfer fluid 

LES  Latent energy storage  

NEPCM  Nano enhancement phase change materials 

NPs  Nanoparticles  

PMF  Porous metal foams  

STSs  Solar thermal systems  

Ste  Stefan numbers 

TES  Thermal energy storage  

FLAT PLATE SOLAR COLLECTOR 
 

Schematic diagram of the studied flat-plate solar collector 
TES system and different views of the generated mesh for the 
FPSC parts are shown in Figure 1 and 2. Furthermore, because 
the primary goal in this case is to compare the effect of inlet 
water temperature and incoming heat flux dependence of  
various thermal conductivity enhancement solutions, it is 
sufficient to develop a CFD model for a portion of the collector 
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from which the current analysis could be extended to a final 
user application using some conventional thermal balances or 
heat transfer correlations. Figure 1 shows the cross-section of 
the flat-plate solar collector TES system used in this application 
for the wavy walls (Case A). It also shows the function used to 
describe the wavy wall geometry. 

At the initial time for the PCM melting process, the whole 
system, including PCM and HTF, is at an initial temperature of 
70 °C; for t > 0, the heat transfer fluid (H2O) enters the domain 
at a uniform inlet temperature of 90 °C. During the transient, it 
is assumed that the inlet mass flow rate is equal to 0.028 kg/s. 
High foam porosities (0.95, with 10 PPIs) and low nanoparticle 
volume fractions (5%) were selected in this study because even 
if the melting fraction evolution improves with lower porosity 
[8], high porosity foam will help the nano-fluid flow through 
the domain. Because of the relatively small space and time 
scales, a uniform and constant solar heat flux condition of 900 
W/m2 was adopted for upper wall FPSCs plates and pipe 
because we expect that during the transient heat is continually 
given to the system. For the HTF, for outlet and inlet sections, 
we assumed pressure and temperature outflow for the former, 
and inlet mass flow rate and uniform temperature for the latter. 
Here, adiabatic conditions and no-slip are considered at the 
boundaries. 

Wavy Wall (1000 75 1 mm)

Tube (D=15 mm, L=1000 mm)

PCM (1000 75 20 mm)

=10 mm=1.5 mm

Tin

NEPCM-Metal Foam

Tin

Wavy Wall

Insulated Box

Insulated Box

Solar Radiation

Wavy Wall

 
Figure 1 Schematic of a FPSC with PCM technologies 

 

 
Figure 2 Different views of the generated mesh for the 

FPSC parts 

NUMERICAL METHOD 
 

The commercial finite volume code ANSYS software is 
used to solve the governing equations once the 3D structure is 
generated. The pressure correction equation is solved using the 

staggering pressure option (PRESTO) scheme. To solve 
momentum and energy equations, a quadratic upwind 
differencing (QUICK) scheme is used. The pressure-velocity 
coupling is solved using the well-known semi-implicit 
pressure-linked equation (SIMPLE) algorithm. Energy, 
continuity, and momentum equations all have a convergence 
criterion of 10-6, 10-5, and 10-5, respectively, that guarantees 
invariance of the solution. 

The following are a summary of the mathematical model's 
assumptions: Fluid flow is three-dimensional, unsteady, 
laminar, and incompressible, volume changes and thermal 
resistance of the inner tube are ignored, Thermophysical 
properties are assumed to be constant, Thermal dispersion and 
Inertial coefficient can be neglected, Volume variation 
associated with the phase change is neglected, The nanoparticle 
distribution is homogeneous, PCM and nanoparticles are in 
local thermal equilibrium with no relative motion between 
them, The PMF is open-celled, homogeneous, and isotropic, 
and Local thermal non-equilibrium between NEPCM or PCM 
and porous foam. 

GOVERNING EQUATIONS 
 

Continuity, momentum and energy equations for both 
phases, namely PCM (or nano-PCM) and foam, are required; 
these are written below in a porous media volume-averaged 
generic form, i. e. by assuming that such equations are written 
over a representative elementary volume of the domain. The 
enthalpy–porosity technique was used to compute the phase 
change process numerically, with the porosity and liquid 
fraction in each cell assumed to be equal. The buoyancy forces 
caused the Newtonian free convection flow of melted PCM, 
which was transitory and positioned in the laminar flow regime 
due to the fluid velocity range in the domain. Because of the 
small temperature gradient, the Boussinesq approximation was 
also used in the momentum equation. As a result, the governing 
equations were developed based on these assumptions and are 
as follows, with viscous dissipation ignored. 
     Continuity:        

0 
r

.V  (1) 
Momentum in x, y and z-directions: 

2
2
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Energy-NanoPCM: 

   2
fe f sf sf s f f

T
C k T h A T T L C V T

t t

                
 

(3) 

Energy-Porous medium (foam): 

 2s s
s se s sf sf s f s

T T
( C) k T h A T T ( C)

t t
   

    
 

 (4) 

Subscripts f and s generally refer to liquid NanoPCM and 
porous medium (foam solid phase), respectively. Eq. 3 are a 
generic form that can be referred to the HTF if one assumes 
porosity ε = 1 and infinite permeability K. These equations also 
refer to the case with only nano-PCM with no foam, i.e., 
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without considering Eq. 4, if it is assumed that porosity is 
unitary, permeability is infinity, and the interfacial convective 
heat transfer term in Eq. 3 is absent. 

The function  is the PCM liquid fraction and it describe the 
distribution of the PCM solid and liquid phases. It ranges in 
between 0 and 1 and it is defined as: 

(5) 
s

s l s s l

l

0 if T T

(T T / T T ) if T T T

1 if T T

  
     

  

 

Porous media closure coefficients 
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      The effective thermal conductivity of PCM or nanoPCM, 
kfe, and the effective thermal conductivity of the porous 
medium, kse, were calculated by using the model proposed by 
Boomsma and Poulikakos [9]. Furthermore, Asf and hsf in Eqs. 
(3) and (4) indicates the specific surface area and interfacial 
heat transfer coefficient of metal foams.  
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     Thermo-physical properties of nanoPCM are shown in Table 
1. 

Table 1 A resume of Thermo-physical properties of 
nanoPCM 
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The heat transfer rate of melting pL, that is an average heat 
rate as an expression of a mean melting velocity and defined as 
the stored thermal energy over the melting time, can be 
computed as follows: 

(11)    
 d  d
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The major nondimensional parameter that influence the 
performance of the system is the the Stefan number, Ste, 
defined as: 

( )m HTFC T T
Ste

L


  (12) 

VALIDATION OF NUMERICAL MODELS 
 

The current mathematical model was compared to 
experimental and computational findings obtained by Al-Abidi 
et al. [10]. They investigated melting RT82 as PCM in a 
triplex-tube heat exchanger with charging from both the inner 
and outer tubes. The average temperature profile for PCM 
during melting for the two experiments is shown in Figure 3, 
showing a good agreement. Comparisons with a porous 
NEPCM system from Mahdi and Nsofor [11] are reported in 
Fig. 3 in terms of liquid fraction evolution for two different 
porosities, showing a good agreement here too. To verify the 
findings, the present research used identical initial conditions, 
boundary conditions, and thermal physical parameters as the 
previous investigations. 

 

 

  
0 .9 5   0 .9 8   

Figure 3 Verification with data of Al-Abidi et al. [10], and 
Mahdi and Nsofar [11] 

TRENDS AND RESULTS 

 
The duration of the charging procedure determines how a 

LHTES system works since their advantage is to store and 
release energy under no relevant temperature gradients, and this 
aspect is quantified by the evolution of the liquid fraction, here 
represented by the function  presented in Eq. 5. Figure 4 
presents liquid fraction and PCM-averaged temperature 
evolution over time for FPSC. It is shown that melting fraction 
rapidly increase at the beginning, while this increase is damped 
lately until reaching the complete melting in 199.66 minutes. At 
some point, temperature evolution increase vs. time becomes 
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smaller because the phase change involves a quite large portion 
of the domain, causing smaller temperature gradients. It is also 
remarked that the FPSCs are influenced by solar energy, that 
still incomes from the top of the absorber plate. At some point, 
temperature evolution increase is smaller because the phase 
change involves higher portions of the domain, as evident from 
Fig. 4. At the end of the transient, temperature seems to start 
increasing faster again because all the PCM is melted (Fig. 4).  

 

 

 
Figure 4 Melting fraction (top) and PCM-averaged 

temperature (bottom) for Case A with pure PCM 
 

A summary of melting time, time saved referred to the case 
A with pure PCM, and heat storage rate pL obtained using Eq. 
11, is shown in Table 2. From the table, it is shown that the 
maximum time savings and heat storage rates are achieved 
when MFs are employed (more than 80%), with a boost if wavy 
walls and NEPCM are employed too (up to 85.50%). Solutions 
investigated without foams presents time savings up to 14.04% 
if one employs wavy walls and nanoparticles. 

After observing that Case A with NEPCM/MF is the best 
case, we will go through it in more detail. Liquid fraction and 
temperature fields are reported in Figure 5 for two different 
times that are in the core of the transient. First of all, one can 
notice here the importance of employing a 3D model, because it 
is evident that HTF temperature varies along the flow direction. 
On the other hand, by comparing the two times (top and bottom 

of the figure), one can see high temperatures after 20 minutes 
because the phase change is happening mostly everywhere. 

 
Table 2 A resume of melting time and average rate of heat 

storage for PCM and NEPCM by including MFs too  
Case Melting time Time saved pL (W) 

Pure PCM 199.66 min 0 20.49 
NEPCM 171.63 min 14.04 % 23.83 
PCM/MF 30.65 min 84.65% 133.45 

NEPCM/MF 28.95 min 85.50 % 141.29 
 

 
Figure 5 Liquid Fraction (LF) and temperature field for FPSC 

equipped with NEPCM/MF after 5 minutes and 20 minutes 
 
Figure 6 shows a bar chart for the melting process of FPSC 

with NEPCM/MF for different inlet temperatures of Heat 
Transfer Fluid (HTF). In particular, Stefan numbers between 
the three configurations becomes different since heat transfer 
fluid presents different inlet temperature. 

The numbers shown in the bar chart indicate that the 
melting time decreased with increasing fluid inlet temperature. 
By increasing temperatures from 87 °C to 90 °C or 93 °C, that 
correspond to Stefan numbers of 0.068, 0.102, and 0.136, 
respectively, contributed to Stefan numbers. The melting time 
reduced 40.86% and 26.07%, respectively. This happens 
because of the different temperature differences across the 
domain.  

Figure 7 shows the mass fraction and temperature contour 
for different inlet temperatures (87 °C to 90 °C or 93 °C, Stefan 
Number (Ste) of the heat transfer fluid in a FPSC. The volume 
fraction contour illustrates that at a specific time (20 minutes), 
the amount of PCM in the FPSC is more affected by increasing 
the inlet temperature of the fluid (from 87 °C to 90 °C or 93 
°C), and a large amount of PCM can be melted. As shown in 
the liquid fraction contour, a large amount of the PCM has been 
melted into the collector by applying an inlet temperature of 93 
°C. 
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Table 3 provide a summary of melting time, time savings 
relative to the reference pure PCM example, and heat storage 
rate pL obtained using Eq. 11. The heat storage rate for Case A-
NEPCM/foam with Ste= 0.136 is much greater than for Ste= 
0.136 and Ste= 0.068, particularly at lower porosities. This 
suggests that Ste=0.136 are the major cause of improved 
thermal behavior. 

         
Figure 6 Melting time for case A for NEPCM/MF with 

different inlet temperatures 
 

Liquid Fraction TemperatureTin (

Tin=87

Tin=90

Tin=93

 
Figure 7 liquid fraction and temperature contour for 

NEPCM/MF with three different HTF inlet temperatures 
 

Table 3 A resume of melting time, time saving and average rate of 
heat storage for diffrent Ste number 

Case  Melting Time Time Saving pL (W) 
Ste= 0.068 39.159 min 0 104.45 
Ste= 0.102 28.950 min 26.07 141.29 
Ste= 0.136 23.16 min 40.86 176.57 

CONCLUSION  
 

In this paper, different thermal enhancement solutions for a 
PCM for a plate solar collector have been compared. Such 
solutions, all or some combined, include MFs, nanoparticles 
and/or extended surfaces like wavy walls. Numerical 
predictions have been performed via a 3D porous-media 
volume-averaged model with nanoparticles embedded in the 
PCM as an equivalent single-phase medium, where it is 
assumed to employ a copper foam with 10 PPIs, 0.95 porosity, 
and/or a Al2O3 nanofluid with a 5% volume concentration for 
the nanoPCM (NEPCM) case. The objective of the present 

study is to have a throughout comparison of all these solutions 
in order to appreciate which one could be the best for thermal 
energy storage and melting fraction evolution for the thermal 
energy storage system of a FPSC. The main conclusions from 
the present work are listed as following: 

The results show that with the addition of nanoparticles, the 
melting time is reduced by 14.04%, compared to the FPSC 
without NPs, since thermal conductivity in the PCM will be 
enhanced by adding NPs. 

The results indicate that with the addition of NPs and MFs 
in the FPSC the melting time is reduced by 85.50%, compared 
to the FPSC without NPs and MF. The reason for this is that the 
use of NPs and MF improves heat conductivity in the PCM. 

The melting time is decreased as the fluid inlet temperature 
increased. With a temperature increase from 87 °C to 90 °C or 
93 °C, the melting time has improved by 40.86% and 26.07 %, 
respectively. 

NEPCMs have a lower energy capacity, but they take less 
time to supply the peak thermal energy demand when compared 
to PCMs of the same volume. 
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ABSTRACT 
A lithium-ion battery forms a high internal temperature and 

a non-uniform temperature distribution in the battery cell due to 

heat generated during the charging and discharging process, 

which causes capacity loss, reduced lifespan, and thermal 

runaway. Therefore, it is very important to study the thermal 

characteristics of the battery for the effective use of the battery. 

In this study, three-dimensional electrochemical-thermal 

analysis was performed to calculate the temperature difference 

of a 55Ah LiFePO4/graphite pouch cell. In addition, the effect 

of the temperature difference according to the width, height, and 

tab attachment position of nominal tab (NT), lateral tab (LT), and 

counter tab (CT) type lithium-ion battery cells was statistically 

analyzed using the design of experiments (DOE). 

INTRODUCTION 
Lithium-ion batteries are a preferred energy storage device in 

eco-friendly transportation systems such as electric vehicles due 

to their high energy density and long lifespan [1]. Lithium-ion 

batteries generate heat during charging and discharging, which 

causes an increase in battery cell temperature and non-

uniformity in temperature distribution. If the temperature 

distribution is not uniform, capacity loss and thermal runaway of 

the battery will occur, and performance will deteriorate. To solve 

this problem, the researchers developed a three-dimensional 

electrochemical-thermal model that predicts the temperature 

distribution through the electrochemical reaction and heat 

generated in the lithium-ion battery during discharge and 

evaluated the performance degradation due to the temperature 

distribution non-uniformity [2]. After that, research on design 

factors affecting the temperature distribution of lithium-ion 

battery cells was conducted using the electrochemical-thermal 

model. Studies show that the type, size and location of the tap 

affects the temperature distribution, and the temperature 

deviation can be effectively reduced by adjusting the design 

factor [3,4]. However, these studies encountered limitations 

when determining the contribution of each design factor by 

setting the level of the design factor low. In addition, there was 

a limitation in analyzing the quantitative significance or 

sensitivity of design factors because no statistical method was 

applied. In this study, a three-dimensional electrochemical-

thermal model was used to predict the temperature of a 55Ah 

LiFePO4/graphite pouch cell. Using FFD as a sampling method, 

540 sampling points were set, and the effect of design factors on 

the response was investigated. Then, analysis of variance 

(ANOVA) was used to determine the significance of the design 

factor by the temperature difference. 

NOMENCLATURE 

W [mm] width

H [mm] height 
d [mm] Distance from cell edge to nearest corner of tab

Subscripts 
max Maximum  

min Minimum 

diff Difference 
c Cell 

t Tab 

p Positive 
n Negative 

ELECTROCHEMICAL-THERMAL MODEL OF LITHIUM-

ION BATTERY 

The dimensions of the 55Ah LFP/graphite lithium-ion 

battery pouch cell are shown in Figure 1(a). Figure 1(b) shows 

that a lithium-ion battery consists of a positive electrode current 

collector, positive electrode, separator, negative electrode, and 

negative electrode current collector, and shows the flow of Li+ 

and electrons (e-) during the charge and discharge cycle. Using a 

three-dimensional electrochemical-thermal model, the 

electrochemical reaction and heat generation according to the 

flow of Li+ and e- in a lithium-ion battery cell were calculated, 

and the thermal characteristics were analyzed through this. 3C-

rate discharge analysis was performed under the same conditions 

as in Ref. [5], and the discharge curve, maximum and minimum 

temperature curves were compared to validate numerical model. 

Figure 1 Schematic of (a) lithium-ion battery pouch cell and 

(b) electrochemical–thermal model.
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STATISTICAL ANALYSIS USING DOE 
The tab width (Wt), height (Ht), positive tab attachment 

position (Pt,p), and negative tab attachment position (Pt,n) of the 

NT-, LT-, and CT- type cells were selected as design factors and 

shown in Figure 2. The tab attachment position was expressed 

as a percentage through equations (1) and (2). In this equation, 

dp and dn are the distances from the cell edge to the positive and 

negative taps, respectively. The response according to the tab 

width, height, and attachment position of the tab is the 

temperature difference (Tdiff). 

 

, 100(%)
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t p
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         (3) 

 

The DOE is a statistical method that analyzes the 

relationship between the response and design factors necessary 

to obtain the maximum information on the effect on the response 

with the minimum of experiments. Tab width was determined at 

5 levels, tab height at 4 levels, and tab attachment position at 3 

levels. To analyze the response to all combinations of design 

factors, FFD sampling was performed, and a total of 540 

sampling points were analyzed.  

 

RESULTS AND DISCUSSIONS 

The effect of design factors on temperature difference were 

analyzed in this section. P-value and the contribution of each 

design factors were calculated using ANOVA.  

  

Effect of design factors on temperature difference 

Figure 3 shows the change in temperature difference 

according to the tap width and height. For all tap types, the 

temperature difference decreased as the tap width increased. On 

the other hand, as the tap height increased, the temperature 

difference increased regardless of the tap type. In both cases, the 

temperature difference was large in the order of NT, LT, and CT. 

 

 

Figure 2 Design factors of (a) NT-, (b) LT-, and  

(c) CT-type cells 

Figure 3 Temperature difference with (a) tab width,  

(b) tab height 

 

Figure 4 shows the change in temperature difference 

according to the attachment position of the positive and negative 

tab of NT-type cell, respectively. The tab is located from 0% at 

the edge of the cell to 100% at the center of the cell, and the 

largest temperature difference occurs in the case of NT-C, where 

the positive tab is located at the edge of the cell and the distance 

between the two tabs is the closest. Also, the temperature 

difference was the smallest in NT-G, where the positive tab was 

located in the center and the negative tab was located farthest 

from the positive tab. 

Like NT, in LT, the largest temperature difference occurs 

when the positive tab is located at the edge of the cell and the 

distance between the two tabs is the closest. Also, the 

temperature difference was the smallest when the positive tab 

was located in the center and the negative tab was located 

farthest from the positive tab. In the CT-type cell, the largest 

temperature difference occurred when both the positive and 

negative tabs were located at the edges, and the lowest 

temperature difference occurred when both tabs were located at 

the center. 

In all NT-, LT-, and CT- type cells, the position of the 

positive tab had a greater effect on the temperature difference 

than the position of the negative tab. This is because the 

resistivity of the positive tab made of aluminum is greater than 

the resistivity of the negative tab made of copper, and the 

maximum temperature occurs around the positive tab, so the 

temperature difference varies greatly depending on the location 

of the positive tab.  

 

ANOVA results for temperature difference 

ANOVA was performed to statistically analyze the effect of 

tab width, height, and attachment position of positive and 

negative tabs on temperature difference. It is significant when 

the P-value calculated through ANOVA has a value less than  

 

Figure 4 (a) temperature difference and (b) classification 

versus position of NT-type cell 
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0.05. Regardless of the tab type, the P-value of positive tab 

attachment position, tab width, and height were all less than 

0.001, which is a significant design factor affecting the 

temperature difference. Also, by calculating the contribution, it 

was confirmed that the effect on the temperature difference was 

large in the order of tab width, tab height, and positive tab 

attachment position. On the other hand, the negative tab 

attachment position was significant only in LT-type cell. 

 

CONCLUSIONS 

In this study, the effect of width, height, and attachment 

position of positive and negative tabs on the temperature 

distribution of NT-, LT- and CT-type cells was statistically 

analyzed using a three-dimensional electrochemical-thermal 

model. In tabs of the same width or height, NT-type cell showed 

a larger temperature difference than LT- and CT-type cells. Also, 

regardless of the tab-type, the temperature difference increased 

as the positive tab was attached to the cell edge. The maximum 

temperature and temperature difference decreased as the tap 

moved to the center of the cell. In NT- and CT-type cells, the 

negative tab attachment position had very little effect on the 

temperature difference. However, in the LT-type cell, the 

temperature difference decreased as the negative tap got closer 

to the bottom of the cell, the point where the lowest temperature 

occurred. The significance (P-value) and contribution of the four 

design factors on the temperature difference of NT-, LT-, and 

CT-type cells were calculated through ANOVA. Regardless of 

the type of tab, width, height, and positive tab attachment 

position are important design factors affecting the temperature 

difference. Tab width contributed the most to the temperature 

difference, while the tab height contributed the least. It was 

confirmed that the negative tab attachment position was a 

significant design factor only in LT-type cell. 
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ABSTRACT 
Sustainable development has been an ever-growing global 

concern over the years, especially with respect to the 

environment. The construction sector is a major cause for 

concern due to the devastating effects traditional building 

materials, manufacturing processes and procurement, have on 

the environment.  Inadequate housing in developing countries is 

also another major sustainable development challenge. These 

illustrate the cogent need for developing new methods of 

delivering sustainable housing that can be accessible to low-

income communities who have little or no access to finances. 

This study compares the thermal performance of low-cost 

building components made from incorporating waste materials 

in cement blocks, thereby reducing the quantity of new materials 

needed. Three samples (wall panels) were made. Each panel was 

330mm × 330mm × 240mm and incorporated 25 × 500ml plastic 

bottles laid horizontally in rows. A sand and cement mixture 

(ratio 1:3) was used as a binder and filled the gaps between the 

plastic bottles.  The bottles in the first sample were filled with 

sand, those in the second were filled with water, and those in the 

third with used plastic carrier bags. A guarded hot box was 

developed to experimentally measure the U-values of the 

samples following the BS EN ISO 8990 standards.  It was 

observed that the samples with the plastic bags had the lowest U-

value, about 60% lower than samples with sand.  The results 

show a promising potential for low-grade plastic waste to be used 

as a means of improving the thermal performance of low-cost 

buildings. 

INTRODUCTION 
The use of waste materials in construction has garnered much 

interest from the scientific community and around the world. 

This is a result of the ever-growing concern on the use and 

manufacturing of traditional building materials as they cause 

significant harm to the environment. Traditional building 

materials are estimated to use up around 60% of the Earth’s crust 

extracted as raw materials [1]. Furthermore, disposal of waste 

materials such as plastic bottles and bags are of great concern 

especially in developing countries as they lack the infrastructure 

to dispose of them correctly. As a result, waste materials such as 

plastics usually tend to be dumped illegally finding their way to 

the ocean, sewers, and across urban and rural areas[2]. 

Concern regarding buildings energy consumption has risen 

over the years [3] as buildings energy demand to supply light, 

heat etc. accounts for around 40% of the total primary energy 

globally used [4], [5]. Within the EU for example, the building 

sector needs to reduce its greenhouse gas emissions by around 

90% to realise the European Union’s aim of reducing the amount 

of greenhouse gases produced by 80% before 2050 [6]. For 

buildings in cooler climates, the most energy demanding task is 

heating which  can produce up to  40% of their total greenhouse 

gas emissions [7], [8]. Typically, most building heat loss occur 

through the walls which places great importance on its thermal 

properties[9].  

When observing the suitability of walls in terms of thermal 

performance one of the most important parameters to consider is 

thermal transmittance (U-value) [10]. This is defined as the rate 

of heat loss per unit area per degree temperature difference from 

inside to outside, usually in units of W.m-2K-1. This paper 

therefore, investigates the thermal performance and specifically 

the U-values of walls incorporated with waste materials. 

NOMENCLATURE 

R [m2K/W] Thermal resistance 

U [W/m2K] U-value 

Q [W/m2] Heat Flux 
T [oC] Temperature 

Special characters 
∆ [-] Uncertainty 

Subscripts 
c Cold chamber 

h Hot chamber 

SAMPLE PREPARATION 
Three wall panels consisting of a mixture of sand, Portland 

cement and water were made. The wall panels were reinforced 

with plastic bottles filled with waste materials. The materials 

used were plastic bags, sand and water. The wall panels each had 

dimensions of 330mm × 330mm × 240mm. Each wall panel 

consisted of 25 × 500ml plastic bottles filled with their respective 

materials. The bottles were arranged in an array of five rows and 

columns as shown in Figure 1. The wall panels were made by 
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pouring the cement mixture into three wooden moulds. The 

mixing ratio of the cement mixture was around 8kg of Portland 

cement, 25 Kg of sharp concreting sand and 1.5 L of water. The 

materials were added in different stages to obtain a homogenised 

mixture. A layer of cement of 1cm was first laid on the base of 

the mould before placing the plastics bottles. The bottles were 

then inserted followed by the addition of the cement mixture onto 

the surrounding walls and in between the crevices of the bottles 

to ensure that a solid filled sample was obtained. The mixture in 

the moulds was levelled to ensure that a uniform and evenly 

spread mixture was achieved. A load was applied on the top 

surface of each sample during drying to prevent the plastic 

bottles floating up. The moulds were removed 72 hours after 

casting and the panels were stored in a cool, dry area and were 

left to dry for at least 28 days after casting[11]. This period was 

enough to ensure no moisture was present as moisture can 

significantly affect conductivity. The surfaces of the wall panels 

were grinded to obtain a smooth surface. A schematic of the 

composite wall is shown in Figure 2 

 

Figure 1 Arrangement of plastic bottles 

 

 
Figure 2 Schematic showing composite wall composition 

TEST RIG SETUP 
The experiment was carried out using an insulated hot box 

built from polystyrene. The actual box is shown in Figure 3 and 

a schematic is shown in Figure 4. The hot box conformed with 

the BS EN ISO 8990:1996 standards. The rig consisted of a hot 

and cold chamber.  The temperature in the cold chamber was 

maintained by circulating water through a coil. A Thermo 

Scientific A25 refrigerated bath circulator supplied the working 

fluid at a constant temperature of 5℃. The temperature in the hot 

chamber was maintained using a heat mat powered by a power 

supply with a maximum power output of 60W (12V, 5A). 

 

 

Figure 3 Hot Box apparatus 

 

 

 

Figure 4 Schematic of Hotbox 

 

EXPERIMENTAL SYSTEM 
Temperatures were measured with type T thermocouples and 

Resistance Temperature Detectors (RTDs) while the Heat flux 

was measured using a Hukseflux Heat flux sensor (HFP01). 

These were connected to a National Instruments cDAQ-9174 

multiple channel data acquisition module and logged via 

LabVIEW. Signals were sampled at 1 Hz, signal quality was 

studied using an oscilloscope to ensure they were clean and free 

from interference. Post steady state data were used for analyses. 

The criterion for steady state was defined by  
𝑑𝑇

𝑑𝑡
< 2.5 ×

10−5℃/𝑠; this was reached after approximately 5 hours.  

 A backup measurement system- greenTEG gSKIN Heat 

Flux measurement kit was installed as backup. This gSKIN 
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system had temperature sensors, a heat flux sensor as well as 

integrated data acquisition.  

A total of 11 Type T 7/0.2mm PFA thermocouples were used 

in this experiment. 4 of them were placed on the front and back 

surfaces of the samples, 1 on the surface of the heater mat and 1 

in the water inlet and outlet to measure. 6 RTDs were also used. 

2 RTDs were placed near the centre of the samples on the front 

and back surfaces of the samples and 2 were used to measure the 

air temperature of the hot and cold chambers. The RTDs and 

thermocouples on the surfaces of the sample were positioned in 

parallel. Figure 5 is a schematic showing the arrangement of the 

sensors on the surfaces of the samples. The gSKIN Heat Flux 

Sensor were placed in the middle of the samples surface located 

in the hot chamber, while its temperature sensors were used to 

measure the air in the hot and cold chambers.  

A wide temperature difference is recommended to reduce the 

uncertainty in the U-value [12]. Therefore, the cold chamber was 

maintained at about 15℃ while the temperature in the hot 

chamber was maintained at above 30℃.  Each sample was 

placed between the two chambers for about 24 hours.  

 

 

Figure 5 Schematic showing sensor arrangement 

UNCERTAINTY   
The National Instruments data acquisition system has a 

function for calibrating all channels. This procedure 

compensates for the inaccuracies in the whole measurement 

system. The thermocouples and RTDs were bonded together, put 

in the bath and calibrated at a number of temperatures to match 

bath temperature read.  The heat flux sensor was calibrated with 

the gSkin heat flux kit.  After calibration, steady state 

measurements were recorded for about 60 minutes.  The standard 

deviation observed in each parameter was taken as the 

instrument’s uncertainty. Uncertainties in geometric parameters 

were estimated using high precision measuring instruments as 

well as manufacturers’ specifications. The deviations were used 

to estimate the uncertainties in the calculated values, assuming 

that the deviations in each term were uncorrelated. Eq. (1) [13]  

was used to estimate the uncertainty in the U-value. This was 

found to be less than 15%. A polystyrene sample with known U-

value was tested and resulted in an uncertainty of  ±0.02 𝑊/
𝑚2𝐾  (about ±5.5%).  

 

∆𝑈

𝑈
= √(

∆𝑄

𝑄
)

2

+ (
∆𝑇𝑐

𝑇𝑐−𝑇ℎ
)

2

+ (
∆𝑇ℎ

𝑇𝑐−𝑇ℎ
)

2

       (1)   

  

 

RESULTS AND DISCUSSION 

 

 

Figure 6 Chamber temperatures for all tests 

 

Figure 6, shows the temperatures recorded in the hot and cold 

chambers for all samples, including the control sample 

(Polystyrene wall). The figure shows that the water filled bottles 

reached steady state faster compared to the other two samples 

(sand and plastic filled bottles). This was surprising as it was 

expected that the sand filled bottles sample would reach steady 

first, followed by the plastic and water filled bottles samples due 

to their specific heat capacity. The results observed could be due 

to the varying masses of the bottles. The bottles containing sand 

and plastic possibly had more mass due to the higher compaction 

rate. Further investigation is required to determine these results. 

The steady state of the water filled bottles sample was reached 

within around 4.4 hours followed by the sand and plastic filled 

bottles after 5 and 7.2 hours respectively. 

 

16th INTERNATIONAL CONFERENCE ON HEAT TRANSFER, FLUID MECHANICS AND THERMODYNAMICS

Page 961 of 1061



  

  

Table 1 Theoretical and Experimental U-values 

Sample Theoretical U-

Value (W/m2K) 

Experimental U-

Value (W/m2K) 

Temperature 

Difference across 

chambers (℃) 

Polystyrene 0.34 0.36 21 

Plastic 1.48 1.58 17 

Sand 3.62 2.94 14 

Water 2.63 5.22 10 

 

Table 1 compares the theoretical and experimental U-values 

of all samples including the control sample. The theoretical U-

values were determined by estimating the total thermal 

resistance of the sample, Rtotal (using measured thickness and 

published thermal conductivities of concrete, plastic, 

Polystyrene, water, etc.) and using equation (2)  

𝑈𝑡ℎ𝑒𝑜𝑟𝑦 =
1

𝑅𝑡𝑜𝑡𝑎𝑙
        (2)  

 

While the experimental U-values were determined by  

 

𝑈𝑒𝑥𝑝𝑒𝑟𝑖𝑚𝑒𝑛𝑡 =
𝑄

𝑇𝑐−𝑇ℎ
(3)       

 

The data presented illustrates that two (polystyrene and sand) 

of the four samples exhibited lower experimental U-values 

compared to the theoretical values.  

The results obtained were as expected in terms of which 

samples had the lowest U-values. This was based on the thermal 

conductivity of the materials. It is known that materials with 

lower thermal conductivities will also display lower U-values. 

However, interestingly, the water filled bottles sample did not 

follow this trend and showed a U-value, nearly two times greater 

than the predicted.  This difference can be as a result of 

convective heat transfer in the water bottles, as the theoretical 

calculations only account for conduction through the samples. 

Also, the high thermal mass of water could be another factor 

contributing to this difference. Due to high thermal mass, the 

water can absorb and store large amounts of thermal energy and 

release it at a slow rate, increasing the heat flux measured. 

Higher heat flux values in turn increase the measured U-value. 

The study by [14] also observed a higher U-value for the water 

sample compared to the sand sample. 

Some uncertainties in calculations of the theoretical values 

can be attributed to assumptions made. For instance, the sand 

used in this study was sharp concreting sand, however, the 

thermal conductivity of this material was not available in the 

literature and as such assumptions were made. It should also be 

noted that it is not uncommon for the predicted U-values to be 

lower than the U-values obtained from experiments as shown  by 

[15]. The importance of the thermal conductivity of materials 

and its effect on the overall U-value of a wall was highlighted by 

[16] where the overall U-value was reduced by up to 20% as a 

result of reducing the thermal conductivity of the clay by up to 

50% 

 From Table 1,  it can be observed that as the U-Value of the 

sample increases, the temperature difference across the sample 

reduces. This can be explained by the fact that the thermal 

resistance of the sample is inversely proportional to U-value, 

thus higher U-value samples will result in more heat flux through 

the sample.   

 

Figure 7 Heat flux values for all samples 

Figure 7 shows the measured heat flux values of all samples. 

The results confirm the trend that higher heat flux values 

ultimately mean higher U-values which is a logical outcome as 

heat flux is the flow of energy per unit area per unit of time, and 

U-value is the rate of transfer of heat across a structure. As can 

be seen from the graph, the highest recorded heat flux value was 

obtained from the water filled sample consequently resulting in 

the highest recorded U-value.   

The results obtained show that the plastic bags filled bottle 

samples produced the most promising results out of the materials 

investigated, as it obtained the lowest overall U-value. Although 

plastic filled bottles yielded the best U-value they have a 

compressive strength of around 2.7 MPa[17] which is nearly 2.5 

time  lower than that of sand filled bottles (6.3 MPa)[11]. Thus, 

the use of these materials in construction is promising but is 

limited to non or light load bearing construction such as low-cost 

ground floor houses or other uses such as benches and decorative 

purposes. The moderate U-value and higher compressive 

strength of the sand filled bottles sample makes it more practical 

for building applications. It is common for low cost construction 

in developing countries to have poorly built or damaged building 

envelopes. As a result, the thermal mass of building materials 

may have a greater impact and play a more pivotal role in the 

thermal comfort of homes compared to the U-value of the 

materials. Therefore, though the water filled bottles sample, may 

have the highest U-value, it may be the most promising 

alternative for low cost construction in hot and humid climates 

as it is likely to have more thermal mass[14]. 

 

CONCLUSION   
Samples made from the same cement mixture, containing a 

matrix of plastic bottle with three different fillings; crushed 

plastic bags, sand, and water were investigated. The samples 

were thermally analysed in steady-state to obtain the thermal 

transmittance (U-value). The water filled bottles sample 

produced a much higher U-value (5.22 W/m2K) than expected. 
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This is probably due to convective flow within bottles which was 

not included in the theoretical U-value calculation. The plastic 

bags filled bottles sample produced the lowest U-Value (1.58 

W/m2K), however, their low compressive strength is a practical 

challenge in construction.  The sand filled bottles had a moderate 

U-Value of 2.94 W/m2K, however, its compressive strength 

makes it more attractive. The U-value may not be the most 

important parameter for thermal performance, especially in low 

cost buildings in developing countries where poorly built or 

damaged building envelopes are common. Therefore, other 

parameters such as thermal mass should be investigated.  
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ABSTRACT 
Thermo-fluidic characteristics of a fluid flowing through 

open-cell porous media has long been investigated by numerous 

researchers due to their enhanced heat transfer and structural 

integrity. Recent researches demonstrate that pressure drop and 

convective heat transfer through porous metal shows similar 

behavior for pipe flow. The heat transfer and pressure drop 

characteristics of a fluid flowing through an open cell porous 

medium are reviewed. 

INTRODUCTION 
Porous metals have high surface area-to-volume ratios as 

well as tortuous flow path. It is expected that enhancing heat 

transfer area and flow mixing would increase the convective heat 

transfer capacity when applied to heat exchangers. Porous metals 

are used in various applications such as electronic device cooling, 

fuel cell electrodes, compact heat exchangers, and so on [1]. The 

diverse research areas in porous metals have been being 

investigated for more than 150 years. Thermo-fluidic 

characteristics of a working fluid in the porous metal should be 

known in order for proper design of the porous metal for specific 

applications. Relevant parameters are single and two-phase 

pressure loss coefficients, convective heat transfer coefficient, 

fin efficiency, and boiling and condensation heat transfer 

coefficient.  

Figure 1 Photographs of metal foam specimen 

NOMENCLATURE 

A [m2] Area 

d [m] Diameter 
f [-] Fanning friction factor  

h [W/m2K] Convective heat transfer coefficient 

k [W/mK] Thermal conductivity 
K [m2] Permeability  

P [Pa] Pressure  

T [K] Temperature
u [m/s] Velocity  

G [kg/m2s] Mass flux  

X [-] Matinelli parameter  

Special characters 

 [-] Porosity, Effectiveness 

 [kg/m3] Density  

 [sPa] Dynamic viscosity  

 [-] Fin efficiency  

Subscripts 

2 Two-phase 

e Equivalent  

g Saturated vapor  

G Gas phase 
l Saturated liquid 

L Liquid phase  

p Pore 

For the past decade, the author’s research group performed a 

series of works to quantify thermo-fluidic performance of open-

cell porous metal. Those include single-phase pressure drop [2], 

two-phase flow and pressure drop [3,4] and convective heat 

transfer [5,6] model developments. This paper aims to briefly 

review the works aforementioned and explain lessons learned 

from them.  

EXPERIMENTAL AND NUMERICAL METHODS 
In the present work, the porous metal fins are fabricated from 

nickel with various porosities and pore densities. A series of 

experiments were conducted to measure pressure drop and heat 

transfer with various porous metals as shown in Fig. 1. 

A schematic of the experimental setup is presented in Fig. 2. 

Purified water was used as the working fluid, and water was 

10 PPI 

40 PPI 100 PPI 

20 PPI 
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supplied at 20 °C to the test section using two pumps in the range 

of 0.0035 to 0.085 kg/s (0.007 to 0.17 m/s in terms of frontal 

velocity). A Coriolis’ flow meter with an accuracy of ±0.1% of 

the reading and a differential pressure transducer with an 

accuracy of 0.075% of full scale were used to measure water 

flow rate and pressure drop across the test section. Type T 

thermocouples were used to measure the water temperature at 

the inlet and outlet of the test section. Figure 2 also shows the 

structure of the test section. A rectangular flow channel was 

constructed with a height, width, and length of 10 mm, 50 mm, 

and 300 mm, respectively. A porous metal specimen was brazed 

to a heater block and situated in the flow channel. The apparent 

height, width, and length of the porous metal specimen were 10 

mm, 50 mm, and 200 mm, respectively. The heater block was 

made from copper and five electric cartridge heaters were 

inserted into the upper part of the copper block. Difference 

between the electric power and the thermal energy received by 

the water was less than 3% in all experiments. Thermocouples 

were installed at a depth of 1 mm from the heater block surface 

to estimate the temperature on the surface. After reaching a 

steady state, the temperature readings were recorded using a data 

acquisition system.  
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Figure 2 The schematic of experimental setup 

 

A CFD analysis was performed using the actual shape of the 

porous metal specimen. The computed tomography technique 

was used to reconstruct the actual shape of the open-cell porous 

metal specimen. The porous metal specimens are shown in Fig. 

3 (a) and 2-dimensional CT image stack was generated as shown 

in Fig. 3(b). For a 15 mm thick porous metal specimen, a stack 

of 400 2-D images were obtained for each cross-section at 28.2 

μm intervals. Using the stack of 2-D images, three dimensional 

geometry of the porous metal specimen was reconstructed as 

shown in Fig. 3 (c). The size of the porous metal specimen used 

in the experiment was 200 × 50 × 10 mm. For the CFD analysis, 

a representative elementary volume (REV) of 15 × 7 × 10 mm, 

was used. CFD analysis was performed by modeling REV with 

typical characteristics and behaviors of porous metal, and 

computation domain of the REV is shown in Fig. 4. 

 

 

  

 

 

(a)                        (b)                      (c) 

Figure 3 Construction of porous metal model: (a) photograph 

of porous metal sample, (b) stack of two-dimensional CT 

image, and (c) reconstructed 3-D image. 

 

 

Figure 4 Schematic of computational domain of porous metal 

 

SINGLE-PHASE PRESSURE DROP  
Assuming the flow through a porous media is similar with 

the flow in a pipe, the pressure drop associated with flow across 

a section of porous media will have a relationship with the 

friction factor as Eq. (1).  

h

foam

d

Lu

P
f





2
4

2

       (1) 

To evaluate the friction factor using above equation, the 

definition of hydraulic diameter ( hd ) is required. The friction 

factor is also a function of Reynolds number, which is calculated 

using the definition of characteristic length scale. As the flow 

inside porous media is complex, it is hard to define the 

⋰ 
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characteristic length scale for the fluid flow through a porous 

media. Various characteristic length scales were used for the 

Reynolds number and friction factor of fluid flowing through 

metal foams in the previous works. We proposed a realistic 

definition of the characteristic length scale, an equivalent 

diameter based on permeability and porosity, which is applicable 

to pressure drop evaluation in metal foams regardless of pore 

density and porosity as follows:   

𝑑𝑒𝑞 = √32
𝐾

𝜀
     (2)  

Experimentally evaluated friction factors are plotted in Fig. 5, 

where equivalent diameter defined as Eq. (2) was used as the 

characteristic length to calculate Reynolds number and friction 

factor. Linear regression was performed to obtain the slope and 

the intercept. The slope and the intercept were 17.59 and 0.148, 

respectively. The coefficient of determination (R2) was 0.982. 
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Figure 5 Linear fit of friction factor versus 1/Re based on 

equivalent diameter 

 

The slope of the line in Fig. 5 is close to 16, which is the slope 

of the friction factor for laminar pipe flow. Thus, the regression 

analysis was performed again with the slope fixed at 16.  With 

this slope and intercept obtained by the linear regression a new 

empirical correlation was obtained as follows:  

170
16

.
Re

f      (3) 

The relationship between friction factor and Reynolds number of 

open-cell metal foam appeared to be similar to that of Moody 

chart. The prediction by above equation and experimental data 

are plotted in Fig. 6. Experimental data produced by Boomsma 

and Poulikakos[7] and Leong and Jin[8] are also compared in 

this plot to verify the Eq. (3).  Boomsma and Poulikakos[7] used 

the same working fluid and the same pore size as the present 

work. But the porosity of their test specimen is lower than the 

present experiments. Leong and Jin[8] used similar porous media 

but working fluid was air. Figure 6 demonstrates that Eq. (3) is 

in good agreement with the experimental data of Boomsma and 

Poulikakos[7] and Leong and Jin[8] with in discrepancy of  30% 

even though the working fluid and porosity vary.  
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Figure 6 Friction factor  

 

 

TWO-PHASE PRESSURE DROP  
The pressure drop of a two-phase flow is attributed to four 

factors, namely, two-phase frictional pressure drop (∆𝑃2ϕ,𝑓 ), 

gravitational pressure drop (∆𝑃2ϕ,𝑔), acceleration pressure drop, 

and form loss. Because the present experiments were conducted 

with air-water, acceleration pressure drop due to phase change 

was ignored. The two pressure taps were installed in the middle 

of the test section away from the inlet and the outlet of the test 

section, so form loss was also ignored in this work.  

For calculation of the frictional pressure drop of a two-phase 

flow, various modeling methods have been suggested. The 

homogeneous equilibrium model (HEM) is a simple approach to 

model a two-phase flow. This modeling method assumes a 

uniformly mixed distribution of the two phases, which can be 

handled like a single-phase flow with average properties as 

follows: 

∆𝑃2ϕ,𝑓 = 4𝑓2ϕ,𝐾
𝐿

𝐷𝐾

𝐺2ϕ
2

2𝜌2ϕ
 .                             (4) 

 

To estimate the frictional pressure drop of a two-phase flow 

(∆𝑃2ϕ,𝑓) using the above equation, the two-phase friction factor 

(𝑓2ϕ,𝐾 ) should be determined. In general, the two-phase flow 

parameters are substituted into single-phase friction factor 

correlations to obtain the two-phase friction factor. The two-

phase friction factor should be a function of the two-phase 

Reynolds number (𝑅𝑒2ϕ,𝐾 =
𝐺2ϕ𝐷𝐾

𝜇2ϕ
), which requires two-phase 

viscosity ( 𝜇2ϕ ). McAdams (1942) and Dukler et al. (1964) 

suggested the following two-phase viscosity models, 

respectively: 

 
1

𝜇2ϕ
=

𝑥

𝜇𝑔
+

1−𝑥

𝜇𝑙
                                                                (5) 

𝜇2ϕ = 𝛽𝜇𝑔 + (1 − 𝛽)𝜇𝑙                                                  (6) 

 

where, β represents the volumetric quality.  

Another modeling approach is the separate flow model 

(SFM), where two-phase frictional pressure drop is evaluated by 
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multiplying the two-phase multiplier ( Φ ) by the estimated 

single-phase frictional pressure drop as follows:   

 

∆𝑃2ϕ,𝑓 = 𝛷𝐿𝑂
2 ∆𝑃𝑓,𝐿𝑂 = 𝛷𝐺𝑂

2 ∆𝑃𝑓,𝐺𝑂                     (7) 

 

where, subscripts 𝐿𝑂 and 𝐺𝑂 represent the assumptions that the 

entire fluid flows in liquid phase and vapor phase, respectively, 

with the same mass flow rate. Chisholm [9] expressed a two-

phase multiplier using the Chisholm coefficient ( C ) and the 

Martinelli parameter (X). The Chisholm coefficient varies from 

5 to 20 depending on the flow regime of the liquid and gas phases. 

Several authors have suggested empirical correlations of the 

Chisholm coefficient to use Chisholm’s two-phase multiplier to 

predict the pressure drop of a two-phase flow through porous 

metals (Ji and Xu [10], Hu et al. [11]; Tourvieille et al. [12]). 

These are summarized in Table 1.   

 

Table 1 Two-phase flow correlations 

 

Experiments were performed to measure the pressure drop of 

two-phase flows through open-cell metal foams as well single-

phase flow. The experimentally measured values and the 

predicted values by HEMs are plotted in Fig. 7. The predicted 

values appeared to be several times larger than the measured 

values.  
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Figure 7 Prediction of two-phase experimental data with HEM 
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Figure 7 Void fraction versus volumetric flow quality 

 

Previous correlations presented in Table 1 were also 

compared with all the experimental data measured in this study. 

The deviation between the predicted and experimental value was 

evaluated in terms of mean absolute error (MAE) and presented 

in the last column of Table 1. These MAE values demonstrate 

that the model suggested by Tourvieille et al. [12] showed better 

agreement than others with our experimental data although the 

discrepancy is still large.  

The measured void fractions are plotted with volumetric 

quality in Fig. 7. This plot demonstrates that the measured void 

fraction is lower than the volumetric quality in the whole range 

of the present experiments. This is attributed to slip of the vapor 

phase. The slip between two phases is represented by the term, 

slip ratio (𝑆= 𝑢𝑔/𝑢𝑙). If slip does not occur between two phases 

(𝑆 =1), the volumetric quality will be equal to the void fraction, 

which is represented by the diagonal line in Fig. 7. Considering 

the above relationship, the slip ratio is believed to be larger than 

1 in the present experiments. Because the no slip ( 𝑆 = 1 ) 

assumption of HEM causes a large error, an approach with SFM 

is speculated to be better for modeling two-phase pressure drop 

in a porous metal.  

Considering slip between two phases, a new two-phase 

multiplier correlation was developed to predict the pressure drop 

of a two-phase flow through porous media. The new correlation 

takes the form of a traditional two-phase multiplier of Chisholm 

[9] as follows: 

 

∆𝑃2ϕ,𝑓 = Φ𝐿
2 ∙ ∆𝑃1ϕ,𝑓𝑜𝑎𝑚 ,                                (8) 

Φ𝐿
2 =

∆𝑃2ϕ,𝑓

∆𝑃1ϕ,𝑓𝑜𝑎𝑚
= 1 +

𝐶

𝑋𝑣𝑣
+

1

𝑋𝑣𝑣
2                     (9) 

𝐶 = 120.57 𝐺2𝜙
0.2 𝑑𝑚

0.15 𝑥0.458                      (10) 

𝑋𝑣𝑣 = (
𝜇𝐿

𝜇𝐺
)

0.5

(
1−𝑥

𝑥
)

0.5

(
𝜈𝐿

𝜈𝐺
)

0.5

.                      (11) 

 

The new correlation showed agreement with the present 

experimental data within a deviation of 9% and the wider range 

of previous experimental data available in the open literature 

with less than 30% deviation as shown in Fig. 8.  

Ref. Correlation MAE 

 [9] 
𝛷𝐿

2 = 1 +
𝐶

𝑋
+

1

𝑋2
 ,  𝑋2 =

(
𝑑𝑃

𝑑𝑧
)

𝐿

(
𝑑𝑃

𝑑𝑧
)

𝐺

 

𝐶𝑣𝑣 = 5,   𝐶𝑡𝑣 = 10,   𝐶𝑣𝑡 = 12,   𝐶𝑡𝑡 = 20 

45.1% 

 [10] 𝐶 = 0.025𝐺1.801𝑒8.021𝑥𝑑𝑚
0.455  , 𝑋𝑣𝑣 60.6% 

 [11]  𝐶 = 27.27𝐺−0.38𝑒−0.477𝑥𝑑𝑝
−0.181 , 𝑋𝑣𝑣 66.5% 

 [12] 𝐶 = 121.41𝐺0.54𝑒9.90𝑥𝑑𝑐𝑒𝑙𝑙
0.68 , 𝑋𝑣𝑣 32.4% 
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Figure 8 Prediction of two-phase pressure drop data  

 

CONVECTIVE HEAT TRANSFER   
 

Most previous research concerning porous metals has used 

the local thermal equilibrium (LTE) model. The LTE model 

assumes a local thermal equilibrium between the solid and fluid. 

The validity of the LTE model is restricted to low Reynolds 

number applications. The LTE model is only applicable when 

the conductive heat transfer is dominant in a representative 

elementary volume that consists of a fluid and a solid of porous 

metal. In most practical applications, however, the heat transfer 

to the fluid flowing through porous metals is dominated by 

convective heat transfers. The local thermal non-equilibrium 

(LTNE) model was recently introduced in order to consider the 

temperature differences between the solid and fluid in a channel 

filled with a porous metal.  

Experiments were conducted to characterize the convective 

heat transfer performance of water flowing through a rectangular 

channel filled with an open-cell porous metal. The porous metals 

were considered as a fin because thermal boundary conditions 

were only developed on the heater block wall where the porous 

metal was attached. It should be noted that the surface of the 

heater block is the primary heat transfer surface, while the 

surface of the porous metal ligaments is the extended surface. 

Thus, the heat transfer rate for the channel filled with porous 

metal can be expressed as follows:  

 

  lmtolmtf
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f

lmfflmbfbt ThAThA
A

A
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  11

 
(12)  

 

For the evaluation of the convective heat transfer coefficient 

using above equation, Ghosh[13]’s fin efficiency model was 

used. This model was developed assuming that the porous metal 

fin had a simple cubic structure as follows:   

 

η
𝑓

=
𝑡𝑎𝑛ℎ(𝑀𝐻)

𝑀𝐻
,                                          (13) 

where,  

𝑀 = 𝑚√(1 + 4 ⋅ η
1/2

),                                    (14) 

η
1/2

=
𝑡𝑎𝑛ℎ𝑚(𝑑𝑝/2)

𝑚(𝑑𝑝/2)
,                                               (15) 

𝑚 = √
4⋅ℎ

𝑘𝑓⋅𝑑𝑓
,                                                      (16) 

 

where, 𝑀 is a function of the convective heat transfer coefficient 

(ℎ), thermal conductivity of metal (𝑘𝑓), ligament diameter (𝑑𝑓), 

and pore diameter (𝑑𝑝); 𝐻 is the height of the channel. The fin 

efficiency and convective heat transfer coefficient should be 

solved simultaneously.  

The overall surface efficiency of the porous metal fins is 

presented in Fig. 9. The overall surface efficiency of the porous 

metal fins decreased with increases in the pore density and 

decreased as the Reynolds number increased. This trend is as 

expected because an enhanced heat transfer coefficient induces 

a large temperature gradient in the ligaments and results in 

reduced fin efficiency. 

An equivalent diameter based on the permeability and 

porosity was used as the characteristic length for determining 

Reynolds numbers and Nusselt numbers. When the equivalent 

diameter was used as the characteristic length, the measured 

Nusselt numbers converged to a single curve regardless of the 

pore density. The Nusselt number variation appeared to be very 

similar to previous correlations developed by Dittus-Boelter [14] 

and Petukov [15] for convective heat transfers of turbulent pipe 

flows as shown in Fig. 10. Consequently, an empirical 

correlation of the Nusselt number for porous metal fins was 

developed in the form of a Dittus-Boelter correlation and 

presented in Fig. 10 as well.  
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Figure 9 Effect of the pore density on the overall surface 

efficiency.  
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Figure 10 Comparison of the Nusselt numbers with the existing 

correlations 

 

The new correlation was also compared with the 

experimental data produced by Calmidi and Mahajan [16] and 

Mancin et al. [17]. The air was used as the working fluid in the 

two studies. The pore density of the porous metal used in those 

studies was 5, 10, 20, and 40 PPI and the porosity was 90–96%. 

The data presented by Calmidi and Mahajan [16] and Mancin et 

al. [17] were re-analyzed. The porous metal was treated as a fin 

and the Nusselt number was calculated based on the equivalent 

diameter as the characteristic length scale. The converted data 

were compared with the prediction by the new correlation in Fig. 

11. The Nusselt numbers for the pore density of the 20 and 40 

PPI samples were in agreement with the prediction using the new 

correlation, even though air was used as the working fluid. 

However, the new correlation underpredicted the data for the 10 

PPI specimen; this discrepancy increased for the 5 PPI data. It is 

speculated that a change in the flow structure behind the 

ligaments caused this trend. The wake that developed behind the 

ligament directly affects the upstream of the next ligament in the 

flow direction if the gap is smaller than a specific level. This 

wake resulted in a malicious effect on the heat transfer 

performance around structures.  

Real structure of the open-cell porous metal was constructed 

using stacked images obtained by X-ray computed tomography 

method. A CFD analysis of pressure drop and heat transfer for 

open-cell porous media was performed using the computational 

domain created with the real structure of the open-cell porous 

metal. The thermo-fluidic characteristics in the Darcy regime 

and the Forchheimer regime were investigated numerically. The 

flow separation was not observed in the Darcy regime, but the 

wake region occurs in the Forchheimer regime because of the 

flow separation on the ligament surface.  
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Figure 11 Comparison with previous experimental data   

 

Since the pressure drop is caused by the drag force, it is 

important to evaluate the drag force caused by the porous metal. 

Drag force is composed of two components, one of which is 

friction drag due to the shear stress on the boundary layer surface, 

and the other is pressure drag due to the pressure difference in 

the flow direction caused by the generation of wake. Pressure 

drag is also called form drag because it depends heavily on the 

shape of the object. The friction drag is closely related to 

viscosity and increases with the viscosity.  

Figure 12 shows the total drag force in the direction of the 

flow acting on the ligaments and the walls (top & bottom), 

respectively. The drag force acting on the walls is induced by the 

friction drag force. And, the drag force acting on ligaments 

depends on both pressure and friction drag forces. The relative 

ratio of the total drag force acting on the walls is very small, 

namely, less than 5%. 

The friction, pressure, and total drag force coefficients acting 

on ligaments are shown in Fig. 13. Friction drag force coefficient 

of ligaments decreases linearly with increasing Reynolds number. 

The pressure drag force coefficient of ligaments decreases as the 

Reynolds number increases at low Reynolds number, and 

converges to a constant value as it increases at high Reynolds 

number. The total drag force coefficient of the ligaments tends 

to converge as the Reynolds number increases. This is because 

the pressure drag force is dominant due to the wake effect in the 

Forchheimer regime. Converging the total drag force coefficient 

to a constant value with an increase of Reynolds number at the 

high Reynolds numbers implies that the total drag force increases 

at the same rate as kinetic energy. Therefore, increasing the 

speed at the low Reynolds numbers is advantageous in terms of 

pressure drop. However, at the high Reynolds numbers, the 

influence of pressure drag force is dominant, and thus proper 

shape design is needed to reduce the wake region. 
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Figure 12 Contribution ratio of total drag force 
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Figure 13 Drag force coefficient as a function of Reynolds 

number. 

 

The amount of heat transferred directly to the fluid through 

the heating block surface and the amount of heat transferred via 

ligaments are compared in Fig. 14 in terms of contribution ratio 

to total heat transfer rate. In the computational domain, the total 

area of heating block surface is 105.1 mm2, and 7.96% (8.37 mm2) 

is occupied by the ligaments. The total surface area of the 

ligaments is 817.28 mm2, which is 7.8 times the total surface area 

of the heating block. At low Reynolds number (Darcy regime), 

the heat transfer via ligaments is significantly larger than direct 

heat transfer from the heating block surface to the fluid from. 

Considering the fact that only 7.96% of the heating block surface 

is in contact with the ligaments in the present computational 

domain, the contribution of metal foam to the heat transfer is 

enormous. As the Reynolds number increases, the difference 

reduces and the contribution ratio reverses at Reynolds number 

of approximately 200. This is because, as Reynolds number 

increases, the wake formed behind the ligament increases, 

deteriorating heat transfer from the ligament surface. Even in this 

regime, considering the portion of the area occupied by the 

ligaments on the heating block surface, the contribution of the 

metal foam to the total heat transfer is very large. 
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Figure 14 Contribution ratio of heat transfer. 

 

CONCLUSION  
 

In this study, the thermo-fluidic characteristics of a working 

fluid flowing through the open-cell porous metal was 

investigated experimentally as well as numerically. An 

equivalent diameter based on the permeability and porosity was 

used as the characteristic length to define the Reynolds number 

and Nusselt number. Both friction factor and Nusselt number 

variations appeared to be very similar to previous correlations 

developed for turbulent pipe flows. In this regard, the flow 

structure through open-cell porous metal is speculated to be 

similar to the flow in pipe flow. 
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ABSTRACT 
Thermochemical gas-solid reactions are emerging as an 

attractive technology for thermal energy storage and heat pump 

applications due to extensive number of working pairs of 

reactive materials which operate in wide temperature range. 

Due to its distinctive characteristic of pressure-temperature 

interdependence, it is possible to select two gas-solid reactions 

operating at different pressure levels at identical temperature. 

This feature offers an attractive novel technique of the so-called 

thermochemical battery for the storage of electricity. The 

hydration and dehydration reaction of CaO/Ca(OH)2 and 

MgO/Mg(OH)2 present a suitable choice for realizing such a 

thermochemical battery as they are easily available and 

sustainable materials and as their reaction partner is water 

vapor, a non-hazardous reactive gas. The charging and 

discharging of electricity are carried out during exchange of 

water vapor between two different pressure levels in a 

compressor or expander, respectively. At the same time, 

hydration heat released by one material causes dehydration of 

other material and vice versa. Thus, in such a system two gas 

solid reactions are operated in a gaseous and thermally coupled 

way. In the present work, an analysis is numerically carried out 

to illustrate the performance of thermally coupled 

CaO/Ca(OH)2 and MgO/Mg(OH)2 gas-solid reactions in an 

adiabatic reactor. As the increase in temperature difference 

between the coupled reactions adversely affects the pressure 

ratio during electricity charging and discharging and hence, the 

efficiency of thermochemical battery, this temperature 

difference is in the focus of this study. Influencing parameters 

are the dimension of reactive compartment, variations in 

thermal conductivity, and absolute temperature. 

INTRODUCTION 
Energy storage brings flexibility to energy conversion and 

enables that energy would not be limited to a particular place or 

time. Researchers are highly investing to improve existing 

storage technologies or to develop new ones. Thermochemical 

gas-solid reaction is one such method being developed recently 

for last three decades using which thermal energy can be stored 

for longer period without much loss. This gas-solid reaction is 

reversible in nature, where heat is supplied to separate gas and 

solid and hence, thermal energy is stored as chemical binding 

energy. The combination between gas and solid is exothermic 

during which stored thermal energy is recovered. Since the 

reversible gas-solid reaction involves heat exchange, it is also 

able to produce cooling and heating effects. Gas-solid reaction 

is of monovariant characteristic which indicates 

interdependency of pressure and temperature, i.e. any of the 

two properties can be regulated by controlling other. A large 

variety of gas-solid working pairs are available like metal 

hydroxides, metal hydrides, ammoniated salts, activated 

carbon-CO2 etc., where H2O, H2, NH3, and CO2 are commonly 

used gaseous reactant. Each gas-solid pair has its own pressure 

and temperature conditions to operate. At the same temperature 

condition, one gaseous reactant works at two different pressure 

levels with two different solid reactive materials. Thus, if two 

different materials reacting with identical gas are coupled with 

respect to gaseous exchange at an identical temperature level, 

the occurring difference in pressure levels can be useful for 

storing electricity if mechanically coupled with compressor and 

expander. To capitalize this phenomenon, Lutz et al. [1] 

recently presented a very new concept of storing electricity 

using thermochemical reactive materials where not only on 

gaseous side, but reactive materials are coupled to exchange 

thermal energy also. The feasibility and energetic performance 

of such a system were well examined and presented using 

hydrogen-metal gas-solid reference pair [1]. In the present 

work, the emphasis is on using water vapor as reference gas 

due to its non-hazardous characteristic. The analysis of 

thermally coupled gas-solid reactions in an adiabatic reactor 

has not been done before, and therefore the performance of 

such a system is analysed by means of numerical simulation in 

COMSOL Multiphysics. The objective is to perform parametric 

study of an adiabatic reactor with thermally coupled reactive 

materials by maintaining the temperatures in both reacting 

materials close to each other for favourable pressure difference 

and thus maximum efficiency of the overall system. The 

gaseous coupling of reactive material and functions of 

compressor and expander are excluded in this work.  

NOMENCLATURE 

k [W.m-1.K-1] Thermal conductivity 

P [bar] Pressure 
t [s] Time  

T [K] Temperature 
X [-] Conversion 

Subscripts 
eq Equilibrium 
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WORKING PRINCIPLE OF THERMOCHEMICAL 
BATTERY 

The novel thermochemical battery system consists of two 

thermochemical reactive materials filled in two separate 

compartments of a reactor, which are coupled based on both 

gaseous as well as thermal aspects as illustrated in Figure 1. 

The reference materials considered in this work are CaO and 

MgO as reactive solids, and water vapor as the gas. So, 

hydration and dehydration of CaO and MgO bed form the basis 

of operating the system while the operating pressure during 

hydration/dehydration of CaO is always lower than that of 

MgO at a specific temperature. The system is charged with 

electricity during dehydration of Ca(OH)2 and hydration of 

MgO where electricity is utilized during compression of low 

pressure water vapor released from Ca(OH)2 to high pressure 

required for hydration of MgO. Meanwhile, dehydration of 

Ca(OH)2 is driven by heat of hydration released due to 

formation of Mg(OH)2. The electricity is discharged during 

reverse process where dehydration of Mg(OH)2 and hydration 

of CaO occur. High pressure water vapor released from 

dehydration of Mg(OH)2 is introduced into the expander, and 

thus discharges electricity, which later undergoes hydration 

process with CaO at low pressure. The hydration heat of CaO is 

supplied to Mg(OH)2 for dehydration. It is crucial to realize 

effective thermal coupling to maintain the same temperature 

level of coupled reactions. With increase in temperature 

difference between coupled reactions, the pressure difference 

increases or decreases during electricity charging or 

discharging, respectively, which results in efficiency drop for 

the electricity storage process. Therefore, it is intended to 

maintain minimum temperature difference between coupled 

reactions and study the behaviour by performing a first 

parametric analysis for various operating conditions and reactor 

design aspects.  

 

Figure 1 Schematic of working principle of 

thermochemical battery [1] 

NUMERICAL SIMULATION 
To carry out numerical simulation, a representative 2-D 

geometry is chosen as shown in Figure 2. Each compartment 

with height ‘h’ and width ‘w’ is considered to be separately 

filled with chosen reactive materials which are separated by 

1 mm thick metallic (Aluminium in this study) wall. For 

simulation, the following assumptions have been made: 

(i) Gas and solid reactive materials are homogeneously 

distributed. 

(ii) Thermodynamic properties of reactive solids are 

independent of pressure and temperature, and vary only w.r.t 

conversion in linear pattern.  

 

Figure 2 Representative geometry for simulation 

 (iii) The porosity and permeability are constant, and cyclic 

degradation of materials is neglected. 

(iv) No mass transfer limitation for the flow of reactive gas, 

i.e. water vapor. 

(v) Thermodynamic properties of gas vary with temperature 

and pressure. 

(vi) Local thermal equilibrium is assumed between gas and 

solid. 

(vii) Heat transfer is taking place only between reactive 

materials through metallic wall and the remaining edges of each 

side are insulated.  

 

In the focus of the present analysis for the reactor design of 

a thermochemical battery is the thermal coupling only. Thus, a 

representative 2-D geometry is considered in a way to have 

approximately equal heat content corresponding to full 

conversion of both the reactive materials to realize adiabatic 

process. However, it needs to be mentioned that this implies 

that the water content of each compartment of reactive material 

is not identical. Future studies will include this aspect regarding 

the gaseous coupling, but this is beyond scope of the present 

work. 

The flow of water vapor in the pores of reactive solids are 

governed by Darcy’s equation. The kinetics rate equation, 

energy equation and Darcy’s flow equation are modelled 

together to simulate thermochemical gas-solid reactions.  

The general form of rate equation for gas-solid reaction 

includes the influence of temperature, gas pressure and 

conversion [2] which is of the following form:  

 

dX/dt = f(T). g(P, Peq(T)). h(X)    (1) 

 

The rate equation for hydration of CaO is taken from 

Schaube et al. [3] as mentioned in Eqn. 2. The same equation is 

used for dehydration of Ca(OH)2 also. 

 

dX/dt = 13945*exp(-10.7633E3/T)*((P/Peq)-1)0.83*3*(1-

X)*(-log(1-X))0.666      (2) 
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The Arrhenius term (temperature term) for dehydration of 

Mg(OH)2 is taken from Bhouri et al. [4] with pressure and 

conversion terms as log(P/Peq) and (1-X). Hence, the rate 

equation for dehydration of Mg(OH)2 is given in Eqn. 3, which 

is also used for hydration reaction of MgO. 

 

dX/dt = 13.47E9*exp(-18.88E3/T)*log(Peq/P)*(1-X) (3) 

  

To simplify the approach, same rate equation is used for 

both hydration and dehydration where the pressure ratio is 

appropriately inversed respective to hydration and dehydration. 

The pressure-temperature equilibrium equations for water 

vapor reaction with CaO/Ca(OH)2 and MgO/Mg(OH)2 are 

deduced from Janaf handbook [5] which are represented in 

Eqns. (4) and (5), respectively 

 

CaO/Ca(OH)2: Log P = (-12667/T) + 15.948  (4) 

 

MgO/Mg(OH)2: Log P = (-9407.5/T) + 17.189 (5) 

 

The thermophysical properties of reference materials used 

in this study are given in Table 1. 

Table 2 Thermophysical properties of reference materials 
 CaO Ca(OH)2 MgO Mg(OH)2 

Reaction enthalpy 

 (kJ.mol-1) 
105.3 [5] 78.2 [5] 

Specific heat 

(J.kg-1.K-1) 

919.3 at 

427 ℃ 

[6] 

1495.7 at 

427 ℃  

[7] 

1209.6 at 

427 ℃ 

[8] 

1849.8 at 

427 ℃  

[9] 

Thermal 

conductivity 

(W.m-1.K-1) 

0.4 [10] 0.1 [11] 

Density (kg.m-3) 1695.27* 2240 [12] 1616.98 2340 [11] 

Permeability (m2) 5.0E-12 [10] 5.75E-14 [13] 

*Calculated from density of respective hydroxide based on mass balance 

of stoichiometric equation to adapt the assumption of no volume 
(structural) change 

 

The porosity is considered as 0.5 on each side. The 

simulations are carried out for width and height of each side as 

2 and 10 mm, respectively, unless specified. For the same 

geometry, based on the different density and molar mass values 

of coupled pair, i.e. CaO-Mg(OH)2 or Ca(OH)2-MgO, the total 

heat content by each reactive material in coupled reactions are 

nearly equal, which is an important prerequisite for the 

considered adiabatic system. The thermodynamic properties of 

water vapor are taken from COMSOL Multiphysics database. 

RESULTS AND DISCUSSIONS 
For the simulation study, the entire thermochemical system 

is considered to be at uniform initial temperature at the 

beginning, and pressure on each side of reactive materials are 

corresponding to their respective pressure-temperature 

equilibrium equations. The effects on minimum temperature 

difference and thus maximum pressure difference and system 

efficiency of varying different parameters in operation and 

reactor design are discussed below in the following subsections. 

 

Impact of temperature difference driving the coupled 

reactions 

Starting from identical initial temperatures and ideal 

pressure difference, in one material the temperature will 

increase during hydration while it decreases during dehydration 

in the other material. Thus, the temperature difference between 

thermally coupled reactive materials will increase. This 

temperature difference has two effects: On the one hand, it 

improves heat transfer between the two reactive compartments 

and thus it will lead to faster reaction. On the other hand, the 

efficiency of two processes is reduced as only a reduced / 

increased pressure difference for electrical discharging / 

charging is available. For instance, consider the process of 

electricity discharging where Mg(OH)2 undergoes dehydration 

and CaO undergoes hydration. The temperature on Mg(OH)2 

side decreases during dehydration and consequently pressure 

whereas CaO temperature and pressure increase during 

hydration. As a result, the available pressure difference for 

electricity discharging is decreased. Similarly, reverse happens 

during electricity charging process where pressure difference 

rises which results in additional requirement of electricity 

supply.  

In a real system of a thermochemical battery, the 

temperature difference between two sides would actually be 

constrained and not go beyond a certain level, as the pressure 

boundary conditions for hydration and dehydration are chosen 

selectively to limit temperature rise or fall of each reactive 

material. For e.g., to constrain the temperature difference 

between two sides below 10 K, pressure boundary conditions 

are chosen to limit temperature rise or fall within 5 K with 

reference to initial temperature on each side of the reactive 

materials during reaction. As a result, these constraints 

influence the performance of a given system, for e.g. achieving 

different overall reaction times and thus absolute power. The 

simulation results are shown for representative width of 2 mm 

and 415 ℃ as set initial temperature with limitation as 5 and 

10 K of temperature rise or fall on each side (Limiting 

temperature difference between the two sides correspond to 10 

and 20 K, respectively). Table 2 illustrates pressure and 

temperature boundary conditions for this simulation study. 

Table 2 Pressure and temperature boundary conditions 
Initial temperature  415 ºC 

Equilibrium 

pressure w.r.t 
initial temperature  

CaO/Ca(OH)2 8.5 kPa 

MgO/Mg(OH)2 33.6 bar  

Temperature rise or fall limitation on each side  5 K 10 K 

Pressure boundary 

condition to 

constrain 
temperature rise or 

fall and 
corresponding 

equilibrium 

temperature 

Hydration of 

CaO and 

dehydration of 
Mg(OH)2 

CaO 9.7 kPa, 

420 ºC 

11.1 kPa,  

425 ºC 

Mg(OH)2 30.4 bar, 
410 ºC 

27.5 bar, 
405 ºC 

Dehydration of 

Ca(OH)2 and 
hydration of 

MgO 

Ca(OH)2 7.4 kPa, 

410 ºC 

6.5 kPa, 

405 ºC 

MgO 37.1 kPa, 

420 ºC 

40.9 kPa, 

425 ºC 

 

The impact of temperature difference can be 

comprehensively understood using thermodynamic data given 

in Table 2. Consider the process of electricity discharging, with 

initial temperature of 415 ℃ and temperature limitation of 5 K, 
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where Mg(OH)2 undergoes dehydration and CaO undergoes 

hydration. Hence, the available pressure difference at initial 

temperature of 415 ℃ is based on equilibrium pressure of 

Mg(OH)2 (33.6 bar) and CaO (8.5 kPa). The temperature and 

pressure on Mg(OH)2 side decrease during dehydration (30.4 

bar @ 410 ℃), and the same on CaO side increase (9.7 kPa @ 

420 ℃) during hydration. Consequently, the available pressure 

ratio for electricity discharging during the coupled reaction is 

decreased from 395.3 to 313.4. 

 

 

Figure 3 Conversion of coupled reactions w.r.t 5 and 10 K 

limitation in temperature rise or fall for compartment width of 2 

mm in adiabatic reactor 

Figure 3 shows the average values of conversion during 

hydration and dehydration of reactive materials for 2 mm 

compartment width. It is evident from conversion plot that with 

increase in the temperature difference between coupled 

compartments which directly corresponds to rise in driving 

potential, process becomes faster. But, rise in temperature 

difference will result in the decrease in efficiency. Hence, 

minimum temperature difference between two compartments is 

favorable for better efficiency but increases the conversion time 

due to lower driving potential (for e.g. 5 K limitation of 

temperature rise or fall). The temperature plots in Figures 4a-b 

illustrate that the process is initially dominated by MgO+H2O 

reaction due to high operating pressure and thus higher amount 

of available reacting gas in the first seconds. Subsequently, the 

temperatures swing towards CaO+H2O because of its slightly 

higher absolute heat content. Corresponding to higher values of 

set ΔT limitation, the coupled reactions operate at large 

temperature difference. 

 

Influence of varying compartment width of adiabatic 

reactor  

Figure 5 shows the influence of width of each compartment 

of reactor. It is evident that with decrease in width from 2 to 

1 mm, the process becomes faster due to reduction in heat flow 

path. Correspondingly, the heat exchange between the two 

compartments during hydration and dehydration reactions is 

improved.  

It is also important to notice from Figure 5 that the time for 

reactant conversion in 1 mm width for ΔT limitation of 5 K are 

nearly comparable to that in 2 mm width for ΔT limitation of 

10 K as illustrated in Figure 3. This signifies the processes 

 

 

 

Figure 4 Temperature evolution in coupled reactions (a) 

hydration/ dehydration of CaO/ Mg(OH)2 (b) dehydration/ 

hydration of Ca(OH)2/MgO; for compartment width of 2 mm 

 

 

Figure 5 Comparison between conversion vs time curve of 

1- and 2-mm compartment width of adiabatic reactor for ΔT 

limitation of 5 K 

become faster by decreasing the width of compartments, and 

also without compromising in efficiency as evident from 

Figure 6 where temperature difference between two 

compartments is at minimum value with faster conversion time 
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corresponding to 5 K ΔT limitation in 1 mm compartment 

width. However, it needs to be mentioned that overall a smaller 

bed width of only 1 mm will result in a reactor design where a 

high mass of stainless steel is involved. Thus, improving 

efficiency by keeping the temperature difference low using a 

reactor design with smaller bed widths will lead to high reactor 

to material ratio and thus cost. 

 

 

Figure 6 Temperature difference between coupled 

compartments during hydration and dehydration reactions 

Effect of difference in reaction rates of coupled reactive 

materials  

It is clearly observed in Figures 3 and 5 that the thermally 

coupled reaction in which CaO undergoing hydration and 

Mg(OH)2 undergoing dehydration is faster than the coupling 

involves reverse reactions. Figures 7 shows rate of reaction of 

coupled hydration and dehydration reactions. The rate of 

reaction for hydration or dehydration of MgO/Mg(OH)2 is 

higher than that of CaO/Ca(OH)2 in coupled reactions. 

 

 

Figure 7 Reaction rate of coupled reactions in adiabatic 

reactor for 2 mm compartment width and ΔT limitation of 5 K 

Although using the same rate equation for hydration and 

dehydration, it is noticed from inset picture in Figure 7 that 

hydration of MgO is faster than dehydration of Mg(OH)2 at the 

very beginning which is due to higher operating pressure level 

during hydration. The reaction rates of hydration/dehydration 

of MgO/Mg(OH)2 become equal after a brief initial period. Up 

to this time, the reactions on Calcium side has not yet been 

started in both the cases of coupling due to lower operating 

pressure level. Correspondingly, the temperature level of 

coupled reactions is dominated by reactions on Magnesium side 

which is quite evident in Figures 4a-b. Gradually, the 

temperature conditions favor hydration/dehydration of 

CaO/Ca(OH)2 which can be observed with increase in reaction 

rate. The dehydration rate of Mg(OH)2 is slightly higher than 

hydration of MgO after 100 s till 2000 s due to rate of 

temperature change is marginally higher during the reaction 

coupling where hydration of CaO and dehydration of Mg(OH)2 

is occurring. But at later stages, the effect of heat transfer is 

dominant which results in equal rate of hydration and 

dehydration of MgO and Mg(OH)2, respectively. 

 

Impact of increase in thermal conductivity (k) of reactive 

solids 

 

Figure 8 Effect of increasing thermal conductivity of 

reactive solid material on conversion and temperature 

difference of coupled reactions 

Figure 8 represents the effect of increasing thermal 

conductivity (‘k’) of reactive solid. In a real system, it would 

not be possible to adjust the thermal conductivity of a materials 

itself, but it would rather also include reduced effective 

material density. However, the simulation can give a first 

indication on how significant the influence of improved thermal 

conductivity can be on the overall performance. It is obvious 

that augmentation of thermal conductivity of reactive solid 

increases rate of heat transfer, and consequently conversion 

becomes faster. However, it is important to notice that 

increasing thermal conductivity by 5 times from actual value 

has significant impact on coupled reaction, and the influence 

reduces upon further 5 times increase. It is also verified from 

the plot of temperature difference, shown as inset picture in 

Figure 8, where enhancing thermal conductivity value by 5 

times from actual decreases the temperature difference between 

coupled reactions to a larger degree than upon further 

increasing 5 times. Hence, it is noted that there is a limitation 

for increasing the thermal conductivity of reactive solid beyond 

which no substantial effect is recognized. 
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Influence of increasing set initial temperature and 

decreasing porosity 

Figure 10 depicts the influence of set initial temperature of 

the two considered coupled reactions. With increase in set 

initial temperature, for e.g. from 415 to 425 ºC, the conversions 

of reactive solids in coupled reactions becomes slightly faster 

which is prominently due to increase in reaction rate at elevated 

temperature. This is also clearly apparent from inset picture 

where temperature difference between coupled reactions 

increases with rise in set initial temperature indicating no 

augmentation in heat transfer. Since set limitation in 

temperature rise or fall is kept same (5 K) for both 415 and 

425 ºC of initial temperatures, the pressure ratios during 

hydration/dehydration of each reactive solid in pair of coupled 

reactions are similar for both the cases. The increase in initial 

temperature controls only Arrhenius term in rate equation. 

Overall, initial temperature set to higher values is not 

recommended to realize fast process, on comparing with other 

parameters, like thermal conductivity and dimension, due to its 

rather low impact. 

 

 

Figure 10 Effect of initial temperature on coupled reactions 

for 2 mm compartment width with ΔT limitation of 5 K 

On decreasing porosity, the energy storage density becomes 

higher resulting from the increase in quantity of solid material. 

Consequently, the conversion time increases due to poor 

thermal conductivity of reactive solid, and also the temperature 

difference between coupled reactions (not shown here). 

CONCLUSIONS 
A simulation study is carried out in COMSOL Multiphysics 

to illustrate the behaviour of thermally coupled gas solid 

reactions in one common adiabatic reactor with the aim of 

maintaining minimum temperature difference for high 

efficiency of a resulting thermochemical battery. It is shown in 

this study that the new concept of thermochemical battery can 

be realized by using the hydration and dehydration reactions of 

CaO/Ca(OH)2 and MgO/Mg(OH)2 As one of the important 

influencing parameters, an increase in temperature difference 

between coupled reactions decreases the process time but 

adversely affects the efficiency. Decrease in width of the 

reactor compartment and increase in thermal conductivity of 

reactive materials result in better performance by decreasing 

the process time with simultaneously maintaining minimum 

temperature difference. It is observed in case of chosen reactive 

materials that full conversion is reached in 60 min with very 

small reactor dimension (~1 mm width) which would result in 

increase in weight and cost. Also, it is challenging to design a 

practical system with extremely low dimension. So, 

augmentation of thermal conductivity to achieve speedy 

reaction with maintaining minimum temperature difference 

between coupled reactions would be a better design 

consideration rather than further decreasing the dimension. An 

increase in set initial temperature causes slightly faster process 

time, but without keeping the temperature difference between 

coupled reactions at minimum level. Hence, the present 

analysis on thermal coupling of gas-solid reactions gives a 

positive impression about the prospect of this novel concept, 

and the future study will be extended to include gaseous 

coupling as well to comprehensively understand the system 

operation. 
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ABSTRACT 
Thermochemical fluids are a new class of fluids with the 

potential to simultaneously work as heat transfer fluid and heat 

storage medium. However, the effective implementation of 

adsorption and desorption units employing thermochemical 

fluids is still hampered by the limited understanding of their 

wetting behaviour on commercial metal substrates, which has 

been observed to significantly limit the devices’ thermal 

performance. In such a context, this work studies the influence 

on the droplet parameters for LiCl-, K2CO3-, and CaCl2-based 

TCFs on stainless steel and aluminium substrates and in the 

instances of variable substrate temperatures. Besides the analysis 

of the fundamental mechanisms governing the wetting 

behaviours of TCFs, application-oriented correlations are 

derived to guide the decision-making process of desorber and 

adsorber devices. 

INTRODUCTION 
The full decarbonization of heating and cooling processes is 

one of the major challenges of today’s society. District heating is 

considered to be a key technology to achieve this purpose as it 

promotes the efficient use of energy sources. However, the 

current district heating networks present several drawbacks, such 

as the fixed operating temperature, the heat losses taking place 

during heat transportation, and the need for integration with 

storage systems [1].  

(a) (b) 

Figure 1 (a) manifold and tube bundle heat exchanger adopted 

in [2]; (b) coalescence of the TCF (NaOH/H2O). 

All these limitations can be overcome by the implementation of  

district networks operating with thermochemical fluids (TCFs), 

e.g. solutions of K2CO3, CaCl2, LiBr, or LiCl, as energy carriers

[3]. Recently, the use of TCFs in the so-called thermochemical 

networks has attracted researchers' attention [4,5]. One key 

aspect of the implementation of these systems is the efficient 

absorption and desorption of the fluids' chemical potential. In 

such a context, Daguenet-Frick et al. [6] reported on the design 

and testing of a 10kW stainless steel reactor operated with a 

NaOH/H2O working pair. The analysis of the experimental 

results highlighted the heat transfer rate as the main limiting 

factor, with the measured reactor power reduced by the poor heat 

transfer coefficient (≈190 W/m2/K) estimated outside the tube 

bundle. For comparison, Bredow et al. [4] reviewed the heat 

transfer coefficient in similar reactors configurations in the range 

from 500 W/m2/K to 2500 W/m2/K for LiBr/H2O working pair. 

In a follow-up study, Daguenet-Frick et al. [7] optically 

inspected the tube bundles through a show glass (Figure 1), 

observing that only a fraction of the absorber tube bundle surface 

(≈40-50%) was wetted during the absorption process. That is, 

surface wetting was found as the reason for the poor overall heat 

transfer coefficient. 

From the aforementioned studies, it appears evident that a good 

wettability between TCFs and solid substrates is necessary in 

order to achieve satisfactory thermal performance. However, a 

fundamental insight into the wetting behaviour of 

thermochemical fluids (TCFs) is still missing. This work focuses 

on the analysis of the droplet parameters evolution during a TCF 

desorption process for three shortlisted hygroscopic salts-based 

TCFs and two commercial substrates. Besides, a test rig is 

developed to investigate the effect of the substrates' temperature. 

The adopted experimental methodology is used to address the 

following specific aims: (i) the creation of an experimental 

database for as placed and time-dependent droplet parameters; 

(ii) The formulation of application-oriented correlations for as

placed contact angles; (iii) a comprehensive analysis of the

influence of desorption kinetics on the droplet parameters

histories, and thus on the wettability behavior, for the shortlisted

TCFs and substrates.

NOMENCLATURE 
Acronyms 
CA Contact Angle  

TCS Thermochemical storage 

TCF Thermochemical fluid 
MWR Minimum wetting rate 

MLFT minimum liquid film thickness 

Symbols 
ΔH [J/mol] Enthalpy of reaction 

Ts [K] Substrate temperature

CA0 [°] As placed contact angle 
γ [N/m] Surface tension 
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REFERENCE ENERGY SYSTEM 
As a reference energy system, the generation of chemical 

potential in closed processes is considered. Such a process is 

depicted in Figure 2 and consists of three partial sub-processes: 

(i) chemical potential generation; (ii) chemical potential 

transport and (iii) chemical potential consumption. The sub-

process (i) generates chemical potential (exergy) by converting 

heat from high to low-temperature levels and it is operated by 

means of a desorber-condenser sub-system. The TCF solution is 

regenerated by the evaporation of its water, while heat is then 

released from the condenser. The desorption takes place at 

temperatures above 100 °C, typically deriving from industrial 

waste heat or evacuated solar panels. The so generated chemical 

potential can thus be transported utilizing TCFs to the user’s 

location. Here, the sub-process (iii) takes place. Such sub-

process combines low-temperature heat and exergy to produce 

heat at higher temperatures and can occur thanks to an 

evaporator-absorber sub-system.  

 

Figure 2 Simplified schematic for thermochemical district 

networks, partially adapted from [1]. 

In the context of the described energy system, we focus our 

attention on the effective implementation of the desorber and 

absorber technologies. In particular, the aim of this work is to 

investigate the wetting behavior of typical TCFs on commercial 

substrates so that thermal performance is maximized. 

MATERIALS AND METHODS 
Given its large availability and low cost, water is selected as the 

base fluid for the TCFs. Thus, three sorbents are selected to meet 

the following criteria:  

• High enthalpy of the liquid sorption reaction:  ΔH > 50 

kJ/ molsalt; 

• High solubility: solubility (T= 20°C) > 50 gsalt/100mlH20; 

• Wide material availability; 

In agreement with the typical TCFs reported in the literature [2], 

hygroscopic salts are considered as potential sorbents. Finally, 

the selected salts are reported in Table 1. 

Table 1 List of selected salts and solubility at T=20°C [8] 

 Sorbent 
Solubility 

[gsalt/100mlH20] @ 20°C 

ΔH 

[kJ/molsalt] 

TCF1 CaCl2 74.5 60.8 

TCF2 LiCl 83.5 62.9 

TCF3 K2CO3 110.5 70.2 

The identified TCFs are fabricated by slow dissolution of 

sorbents into pure water according to their solubility at 20°C. 

The solutions were prepared using commercial high purity 

anhydrous salts (>97.0 %) from Sigma-Aldrich [9]. Besides the 

TCFs reported in Table 1, distilled water was also investigated 

as a baseline fluid. For the remainder of the manuscript, we will 

refer to the investigated water-based TCFs as CaCl2, LiCl, K2CO3 

respectively, with sorbents concentrations as per Table 1. The 

wettability of the shortlisted TCFs and pure water was 

investigated for two commercial substrates: Stainless Steel 316L 

and Aluminium. The substrates samples were cleaned between 

each measurement repetition and then dried at 120 °C.  

The contact angle (CA) was measured for each pair of the 

shortlisted TCFs and substrates through the sessile drop method 

using DSA-25s Kruss equipment [10]. A schematic describing 

the definition of contact angle is reported in Figure 3. Here, three 

interfacial surface tensions, γ, are acting on a fluid droplet on an 

ideal plane. The contact angle of a droplet is defined as the angle 

between the tangent of the liquid-gas interface and the solid 

surface. When the contact angle stabilizes, the energy of the 

systems is the minimal and mechanical balance between the 

interfacial tensions is reached.  

 

Figure 3 Interfacial surface tensions on the ideal plane and 

contact angle definition.  

The measurements were performed in laboratory environment 

conditions, with ambient temperature, Tamb, measured in the 

range from 21.8 °C to 27.4 °C and relative humidity, RH, from 

31.1% to 42.3%. The formulated fluids were placed in a syringe 

(dsyringe = 1.832 mm) and deposited with a mass flow rate of 2 

µl/s, with such mass flow rate maneuvered by the DSA-25s 

software. As a result, the droplet was deposited by gravity and 

the as placed droplet volume varied according to the investigated 

fluid, with a larger as placed volume encountered for fluids 

characterized by larger surface tensions. As placed droplet 

volumes in the range from 20 µl to 35 µl were observed for the 

tested fluids.  

The droplet size and volume evolution in time were monitored. 

Specifically, the contact angle, droplet volume, and droplet 

diameter, i.e. distance between three-phase points, were acquired 

until stable conditions, i.e. CA variation <0.1%, or until 

complete desorption/evaporation were achieved. The substrate 
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samples temperature, Ts, was varied by mean of a Stuart Digital 

hot plate. Three temperature levels were selected for the 

measurements: 25 °C, 40 °C and 60 °C, in agreement with the 

realistic temperature range for low-temperature adsorption 

technologies.  

A schematic of the test rig described above is provided in Figure 

4.  

 

Figure 4 Schematic of the test rig adopted for the droplet 

parameters measurements.  

For the as placed droplet parameters results reported in this work, 

a minimum of ten repetitions on four different substrate samples 

was considered. For the droplet parameters histories results, 

given the larger experimental time required, the reported 

measurements refer to a minimum set of three experimental tests.  

RESULTS AND DISCUSSION 
As placed results 

Distilled water is adopted as baseline fluid, with the as placed 

contact angle, CA0, measurements in agreement with literature 

studies in similar operating conditions [11]. Figure 5 reports the 

measured as placed contact angle for the investigated TCFs and 

selected substrate temperatures, Ts. Overall, for a fixed substrate 

and substrate temperature, larger CA0 values are measured for 

the TCFs compared to distilled water. This trend is typically 

observed in the literature for water with particle suspension, as 

the fluid surface tension typically increases with concentration. 

Overall, for a fixed temperature and TCF, larger CA0 values are 

observed for Stainless Steel substrates compared to Aluminium 

substrates. Thus, larger wettability can be achieved by the 

selection of Aluminium substrates. As an example, concerning 

the K2CO3 based TCF operated with a constant substrate 

temperature of 40 °C, a CA0 reduction up to 12.5° was measured 

between Stainless steel and Aluminium substrates. 

For most of the investigated TCFs/substrate pairs, CA0 reduces 

with temperature. Such a trend can be explained by the reduction 

of the surface tension with temperature. A CA0 reduction with 

temperature is not clearly visible in the case of pure water, but 

can be considered within the error of the measurements.  

 
(a) 

 
(b) 

Figure 5 As placed contact angle values for the different 

TCFs/substrate pairs for various substrate temperatures. 

Figure 6 shows the as placed contact angle measurements for the 

investigated TCFs in the instance of a single substrate, Stainless 

Steel, and fixed substrate temperature, Ts = 40°C. The depicted 

blue contour refers to the fitted droplet shape according to an 

ellipse fitting model. The adopted ellipse fitting model 

successfully captures the droplet shape, as can be optically 

assessed in the reported pictures. The largest wettability is 

observed in the case of distilled water, as the lowest contact angle 

value is measured and the fluid wets more the substrate 

compared to the selected TCFs. On the contrary, the high contact 

angle values measured in the instance of LiCl show the droplet 

to poorly spread on the substrate, indicating a lower fluid 

wettability.  Furthermore, a small discrepancy between right and 

left contact angle measurements can be appreciated. Thus, the 

contact angle was confidentially assumed as the average value 

between the right and left values.  

The experimental database presented in this section is adopted to 

derive correlations for CA0 (T) for each one of the TCF/substrate 

pairs. The average value from the CA0 is adopted and the 

formulated correlations are reported in Table 2, along with the 

estimated R2 values. With the aim to achieve R2 values above 

0.95, second-order polynomial equations are derived for three of 

the six TCF/substrate pairs investigated. 
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Table 2 Estimated correlations for CA0 evolution with 

temperature for the investigated TCFs-substrate pairs. 

Substrate TCF Correlation R2 

Aluminium 

CaCl2 -0.4366*Ts + 106.54 0.95 

K2CO3 -0.4755*Ts + 113.51 0.99 

LiCl 
-0.0065*Ts

2 + 0.3285*Ts + 

94.07 
0.99 

    

SS 316L 

CaCl2 -0.187*Ts + 100.8 0.95 

K2CO3 
-0.0259*Ts

2 + 1.5345*Ts + 

87.924 
0.99 

LiCl 
0.0131*Ts

2 + 1.1075*Ts + 

87.103 
0.99 

 

Effect of wettability on minimum wetting rate 

In this section, the formulated empirical correlations are adopted 

to investigate the effect of the TCF/substrate pair on the 

minimum wetting rate (MWR). The MWR is defined as the 

minimum required flow rate to ensure full coverage of the 

substrate with a continuous thin liquid film. Several analytical 

expressions are adopted in the literature to establish the 

relationship between MWR and CA. In this work, the analytical 

expression presented by S. El-Genk [12] is adopted to evaluate 

such relation in the instance of a liquid film flowing down a 

vertical adiabatic surface.  

The minimum liquid film thickness (MLFT) is calculated as:   

 
𝑀𝐿𝐹𝑇 = (1 − cos(𝐶𝐴))0.22 (1) 

Thus, the MWR is estimated by the empirical correlation: 

 𝑀𝑊𝑅 = 0.67 ∙ 𝑀𝐿𝐹𝑇2.83 + 0.26
∙ 𝑀𝐿𝐹𝑇9.51 

(2) 

Where MWR refers to a dimensionless flow rate [12]. That is, 

the use of equations (1) and (2) constitute a rapid and efficient 

way to drive the decision-making process of liquid sorption 

devices design based on the application-oriented correlations 

presented in the previous section. 

The empirical correlations presented above are adopted in this 

work to estimate the MWR under typical design constraints. 

Specifically, two substrate temperature levels of 30 °C and 48 °C 

are studied [2]. The MWR estimations are reported in Table 3. 

Concerning design case 1, i.e. Ts = 30 °C, the lowest MWR is 

calculated for the CaCl2-based TCF and Aluminum substrate. 

That is, a lower mass flow is required for the adsorption systems 

to ensure complete coverage of the tube bundles if such a 

TCF/substrate pair is selected. Nonetheless, a small variation of 

the MWR is calculated if stainless steel substrates are adopted. 

Such small variation is dictated by the poor influence of the 

substrate selection on the CA of CaCl2 based TCFs, as observed 

in the previous section. A larger MWR is estimated for K2CO3 

and LiCl-based TCFs. In particular, the use of Stainless Steel 

substrate would lead to an MWR increase up to +31% compared 

to the optimal working pair. As a consequence, the use of K2CO3 

and LiCl-based TCFs with stainless steel substrates is not 

recommended in the instance of design case 1. Concerning 

higher substrate temperatures, the selection of CaCl2 based TCFs 

and Aluminium surfaces remains the optimal selection, with an 

MWR reduction of -14% compared to design case 1. The larger 

substrate temperature promotes surface wettability, and the 

discrepancy between the different TCF/substrate pairs is 

reduced. However, the selection of LiCl-based TCFs and 

Stainless steel substrates still remains a not suitable option. 

Table 3 Minimum wettability rate estimation for two selected 

design cases characterized by different substrate working 

temperatures. 

 case 1: Ts = 30°C case 2: Ts = 48°C 

 Aluminium Aluminium 

TCF 
CA 

[°] 

MLFT 

[-] 

MWR 

[-] 

CA 

[°] 

MLFT 

[-] 

MWR 

[-] 

CaCl2 93.44 1.01 0.99 85.58 0.98 0.86 

K2CO3 99.25 1.03 1.09 90.69 1.00 0.94 

LiCl 98.08 1.03 1.07 94.86 1.02 1.01 

       

 Stainless steel Stainless steel 

TCF 
CA 

[°] 

MLFT 

[-] 

MWR 

[-] 

CA 

[°] 

MLFT 

[-] 

MWR 

[-] 

CaCl2 95.19 1.02 1.02 91.82 1.01 0.96 

K2CO3 110.65 1.07 1.30 101.91 1.04 1.14 

LiCl 108.54 1.06 1.26 110.08 1.07 1.29 

 

 

Droplet parameters evolution in time 

CaCl2 K2CO3
LiCl H2O

96.8° 97.2°

2 mm 2 mm 2 mm 2 mm

88.1° 88.3° 92.6° 93.4° 78.4° 77.8°

(b) (c)(a) (d)

Figure 6 Pictures for the as placed contact angle measurements of the investigated TCFs and distilled water on a stainless steel 

substrate at temperature 40°C. The blue contour refers to the reconstructed droplet shape according to an ellipse model. 
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In this section, the droplet parameters' evolution in time is 

presented and analyzed. Figure 8 shows the contact angle, CA, 

and droplet volume, V, histories for a constant substrate 

temperature of 25°C. The depicted error bar refers to the 

maximum discrepancy between a set of at least three 

measurements. The results are depicted for a time t=5000s when 

all the investigated TCFs reached stationary conditions or full 

evaporation/desorption. In contrast to what was observed for 

water droplets, for which null droplet volumes were measured 

for deposition times around 1700-2000 s, none of the TCFs under 

investigation presented final volumes below 10 μL.  

That is, equilibrium conditions with the environment were 

achieved without the need for full fluid evaporation. Again, the 

lowest surface wettability is measured for the LiCl-based TCF. 

Interestingly, the TCF wettability is also observed to reduce with 

time. That is, a mass flow rate increase in time would be required 

in order to ensure full surface coverage along the desorption 

process. Besides, the LiCl-based droplet volume increases with 

time, that is the equilibrium conditions with the environment 

(e.g. for Aluminium substrate test at Tamb=23.2 °C; RH=25.3%) 

are achieved by a more diluted TCF. A high agreement is 

measured for LiCl and CaCl2 -based TCFs desorption histories 

for the two substrates under investigation. Hence, the substrate 

selection can be assumed to have a poor influence on the 

desorption history. Such poor substrate selection influence is not 

measured for k2CO3, for which the large measured desorption 

rates, and thus the large droplet shape and size variation in time, 

make it hard to identify clear trends. For example, concerning 

the aluminium substrate, the CA significantly varies in the initial 

420s of deposition time, with a CA reduction of -32.5°. Besides, 

the droplet spreads on the substrate, leading to an increase in the 

droplet radius from 7.8 mm to 8.4 mm. Hence, the adopted 

ellipse model estimates a volume increase during the deposition 

time, as can be observed in Figure 8 (a). However, such volume 

increase is not measured during the desorption study of the 

K2CO3–based TCF on stainless steel substrate at the same 

substrate temperature of 25°C. Similar trends are also observed 

for increasing substrate temperature and K2CO3–based TCF: 

droplet volume increases in time are measured when aluminum 

substrates are adopted. However, it is not clear to the authors 

rather if such volume increase depends on the substrate selection 

or derives from inaccurate use of the fitting method. 

 

Figure 7 Pictures for k2CO3 – based TCFs and aluminium 

substrate at different deposition times, t, and substrate 

temperatures, Ts. 

 

 

Figure 8 Droplet parameters evolution in time with a constant 

substrate temperature of 25 °C for: (a) contact angle for 

aluminium substrate (b) droplet volume for aluminium 

substrate; (c) contact angle for stainless steel substrate and (d) 

droplet volume for stainless steel substrate. 

The droplet parameter histories are also analysed for a substrate 

temperature of 40 °C. In such an instance, small volume 

variation rates (dV/dt ≈ 1E-3 µl/s) are measured for the LiCl-

based TCFs, while larger rates, up to 59E-3 µl/s, are observed in 

the case of CaCl2-based TCFs. That is, larger desorption rates, 

K2CO3 on Aluminum substrate

Ts = 25 °C; t = 2850 s Ts = 40 °C; t = 340 s Ts = 60 °C; t = 70 s

(a) (b) (c)

2 mm 2 mm 2 mm

(a)

(b)

(c)

(d)
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and thus larger heat transfer rates, should be achieved by the use 

of CaCl2-based TCFs. Concerning the K2CO3–based TCF, the 

droplet parameters estimations were possible only for relatively 

short deposition times. In fact, the droplet shape was observed to 

depart from the typical elliptical geometry already after 

deposition times from 250 s to 500 s. After such a time range, 

the droplet geometry became more irregular and no clear trends 

emerged from the experimental tests performed.  

Such droplet geometry shape variation indicates a complete, or 

nearly complete, TCF desorption, with the observed irregular 

geometries dictated by the solid sorbent deposit. Pictures for the 

K2CO3 – based TCFs droplets at variable deposition times and 

substrate temperatures can be appreciated in Figure 7. As 

expected, the TCF desorption was measured for a shorter 

deposition time when larger substrate temperatures were 

adopted. Overall, the largest as placed droplet volume was 

consistently measured for the LiCl-based TCF, indicating this 

fluid to be characterized by the largest surface tension among the 

investigated fluids. Furthermore, the largest droplet volume 

variation in times is measured for the largest substrate 

temperatures, indicating the highest desorption rates to take 

place. Such a trend is consistently measured regardless of the 

investigated TCF/substrate pair. 

CONCLUSION  
This work investigated the wettability behavior of promising 

TCF candidates on commercial heat exchanger substrates. In 

particular, the influence on the droplet parameters of 

TCF/substrate selection, deposition time, and substrate 

temperature was studied. From the results presented in this study, 

the following conclusions can be derived: 

• CaCl2, K2CO3, and LiCl–based thermochemical fluids 

are successfully fabricated and tested for different 

substrate and substrate temperatures. The results 

demonstrated surface wettability to be largely 

influenced by the salt dispersion in the base fluid, as 

significant contact angle values variation were 

observed compared to pure water. Such variations 

were quantified by the formulation of temperature-

dependent correlations; 

• Among the tested TCFs and substrates, the CaCl2 - 

based TCF and Aluminium surface is characterized by 

the highest wettability, while poor wettability was 

measured for LiCl-based TCF on both stainless steel 

and aluminium substrates. Such poorer wettability 

was estimated to lead to a minimum wetting rate 

increase up to +31% in the instance of a liquid film 

flowing down a vertical adiabatic surface.  

• Overall, the TCF wettability increases with the 

deposition time, with the exception of the LiC-based 

TCF and low-temperature substrate. As a 

consequence, full surface coverage can be obtained by 

a lower mass flow rate in case of larger deposition 

times. 

• The droplet volume variation in time, and so the 

desorption rates, are observed to be largely affected 

by the substrate temperature, while the selection of the 

substrate material is measured to have a mild 

influence on the desorption rates.  
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ABSTRACT 
In this paper, a transient thermodynamic analysis is 

conducted for a 20 MWe concentrated solar-powered 
supercritical carbon dioxide (sCO2) Brayton Recompression 
cycle. The cycle was modelled in the Flownex Simulation 
Environment using solar and ambient conditions in Upington, 
South Africa – a region renowned for its excellent solar 
resource. The cycle is directly heated using central receiver 
CSP technology. An inventory control system strategy was 
implemented to attempt to maintain the turbine inlet 
temperature (TIT) within a suitably narrow range while the 
solar irradiation and ambient conditions changed. The results 
from the simulation showed that the inventory control system 
responded well throughout the simulation and kept the TIT 
constant within the vicinity of 700 °C. This allowed the 
optimum efficiency of the cycle to be maintained without 
exceeding material limitations. The main compressor inlet 
temperature (CIT), which is also the exit temperature of the 
cooling system, was increased to observe the effect this has on 
the cycle performance. Varying CIT is representative of 
variable cooling system performance linked to changes in 
ambient conditions. It was found that increasing the main CIT, 
decreased the efficiency by approximately 0.3% / degree 
increase. It was also observed that the main CIT should not 
exceed 50 °C to prevent flow reversal through the compressor 
from occurring, which can cause the TIT to become unstable. 
This work was done in the attempt to quantify the amount of 
cooling required in order to maintain the main CIT to a 
relatively low value which would potentially contribute to 
higher cycle overall efficiency. The result of this work will 
therefore lay foundation to adequately design a suitable cooling 
system for the application. 

INTRODUCTION 
The need for reliable and clean electricity is an ongoing 

challenge that the world faces daily. With concerns of climate 
change and ozone depletion, radical innovations in cleaner and 
renewable energy are required. Amongst the renewable energy 
resources identified, solar energy constitutes one of most 
abundant and is believed to have a potential to play key-role to 
meeting global energy demands [1]. Hence, for the current 
study, Concentrated Solar Power (CSP) plants technology has 

been suggested since it offer the potential to effectively 
contribute to the worldwide energy supply both for electricity 
generation as well as for process heat, while at the same time, 
contributing the reduction in Greenhouse gases (GHG) 
emissions [2]. 

South Africa, as many regions of the world, heavily rely on 
fossil fuels to generate electricity, about 90 % of electricity 
generated in South Africa is from coal, putting South Africa on 
the map as the biggest carbon emitter in Africa [3]. The 
Department of Energy (DoE) states that presently, the 
electricity sector is responsible for 45 % of the country’s 
greenhouse gas emissions [2]. Therefore, it is essential that 
South Africa moves into renewable energy resources not only 
to reduce the negative carbon footprint but also to prevent load 
shedding when electricity demand is high. However, due to the 
abundant South African solar resource, it is believed that CSP 
plants could extensively be developed as alternative for energy 
supply in South Africa.  

In the past, CSP have considerably been used for steam 
generation on steam power cycles; however, in recent years, a 
strong drive towards shifting from steam cycles to using 
supercritical carbon dioxide (sCO2) power blocks have attracted 
considerable attention. Due to their liquid-like properties near 
the critical point, it is also believed that sCO2 power block have 
the potential to achieve competitive efficiencies as their steam 
counterparts[4]. In the pursuit for higher efficiencies for the 
power block, it has been identified that heat rejection 
technology constituted one of the key parameters in the cycle 
efficiency improvement [5]. For the purpose of this study, a 
Brayton recompression cycle was considered due to its 
relatively high efficiency, yet without significant increase in 
complexity [6]. This cycle is simulated in direct heating 
configuration using CSP technology, central receiver, and its 
heat rejection requirements are assessed using 35°C as main 
compressor inlet temperature as suggested in literature [7]. 

Since the direct heating the sCO2 is expected to impact on 
the Turbine Inlet Temperature (TIT) due to solar fluctuations, 
which in turn affects the overall efficiency of the cycle [8], this 
project also investigate the possibility for implementation of a 
control system, that could potentially control the TIT during 
solar fluctuations.  
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NOMENCLATURE 
 
Abbreviations: 
BC         Boundary Condition 
CIP          Compressor Inlet Pressure 
CIT          Compressor Inlet Temperature 
COP          Compressor Outlet Pressure 
CSP          Concentrating Solar Power 
CSV R          Comma Separated Variable Reader 
DNI          Direct Normal Irradiation 
DoE          Department of Energy 
GHG          Greenhouse Gases 
HTF          Heat Transfer Fluid 
HTR          High Temperature Recuperator 
IPCM          Implicit Pressure Correlation Method 
IS         Iterative Script 
LTR          Low Temperature Recuperator 
MWe          Megawatt Electrical 
NSP          Net Solar Power 
PID          Proportional Integral Derivative 
QS          Quick Script 
SE          Simulation Environment 
sCO2          Supercritical Carbon Dioxide 
Temp          Temperature 
TIT          Turbine Inlet Temperature 

 
Superscripts: 
,          Altered 
°          degree 
 
Subscripts: 
amb                       ambient 
𝑐𝑐𝑐𝑐          critical 
conv          convective 
ℎ𝑒𝑒𝑒𝑒          heliostat 
in          input 
max         maximum 
MC          main compressor 
min          minimum 
RC          Recompressor 
𝑐𝑐𝑒𝑒𝑐𝑐          receiver 

 
Symbols: 
𝐴𝐴  [m2]        Area 
𝐶𝐶  [-]        Concentration ratio 
𝑐𝑐𝑐𝑐 [kJ/kgK]        Specific heat at constant pressure 
H          Hour 
ℎ  [W/m2K]      Heat transfer coefficient 
𝐼𝐼  [W/m2]        DNI 
𝑚𝑚 ̇  [kg/s]        Mass flow rate 
𝑁𝑁  [-]        Number of heliostats 
𝑄𝑄 ̇  [W]        Heat transfer rate 
𝑠𝑠  [kJ/kg.K]      Entropy 
Sec         Second 
𝑇𝑇  [K]        Temperature 
𝑈𝑈𝐴𝐴  [W/K]        Conductance 
�̇�𝑊  [kJ]        Work 
 
Greek Symbols: 
𝜙𝜙   Recompression Fraction 
𝜀𝜀   Effectiveness / Thermal emittance 
𝜌𝜌   Density 
𝜂𝜂   Efficiency 
𝛼𝛼   Absorptance 
𝜎𝜎   Stefan–Boltzmann constant 
Δ   Change 

 

BRAYTON RECOMPRESSION CYCLE 
 

sCO2 Brayton recompression cycle 
 
The current study focuses on the sCO2 Brayton 

Recompression cycle. The above cycle configuration was 
chosen based on its relatively high efficiency and moderate 
level of complexity [6]. The layout of the sCO2 Brayton 
Recompression cycle, as well as its corresponding 
Temperature-Entropy diagram, are shown in Figure 1 below. 
The heat source is supplied from the central receiver in which 
the sCO2 is directly heated. 

 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 1 Brayton Recompression cycle with Temperature-
Entropy diagram [9]. 

 
The high-pressure and high temperature sCO2 is then 

expanded in the turbine where the thermal energy is converted 
to mechanical power of the shaft. The sCO2 then passes through 
the first heat recovery stage being the High Temperature 
Recuperator (HTR) (state 8), thereafter, moving to the second 
heat recovery stage being the Low-Temperature Recuperator 
(LTR) (state 9). At state 9 the flow is split into two streams, the 
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main flow travels to the cooling system ((1 − 𝜙𝜙) of the total 
flow). The flow split decreases the mass flow rate through the 
cold-side of the LTR to counter the imbalance in the specific 
heat capacity (resulting from the strongly non-ideal nature of 
CO2 close to the critical point) and to increase the temperature 
of the fluid leaving the HTR [10]. 

 The remaining flow is transferred to the Recompressor, this 
flow is the Recompression fraction (𝜙𝜙) and has a relatively 
lower mass flow rate than the flow rate through the main 
compressor [11]. At the cooling system, the fluid is cooled 
down near its critical point (state 1), thereafter, the fluid is 
compressed in the main compressor (state 2). The fluid then 
travels from state 2 to state 3 in which the sCO2 is reheated by 
the LTR, thereafter, merges with the main flow exiting the 
Recompressor (state 4). The total flow is then reheated with the 
HTR (state 5) and moves to the heat source completing the 
cycle. 
 
Control system strategies 
 

When harvesting the sun's energy in a directly heated cycle, 
one must consider the constantly changing heat input rate 
transferred to the working fluid. The changing heat input causes 
the TIT of the cycle to either increase or decrease depending on 
the heat input being received. If the standard Brayton 
Recompression cycle (Figure 1) were to be used at constant 
operation i.e., the machinery rotational speed stays constant, 
while the heat input decreases, for example, it’s likely that the 
supercritical state of CO2 can be lost, and the efficiency greatly 
deteriorates. On the contrary, if the heat input increases, the 
cycle components can be damaged if the TIT increases beyond 
its material limits. To prevent these harmful effects from 
occurring, a control system would need to be implemented to 
control the cycle dynamically to stabilize the TIT at a set-point.  

Controlling a solar-assisted cycle can be a complicated task 
given the fact that the power block (i.e., Brayon cycle) and the 
solar block (central receiver) can have different dynamic 
characteristics. As a result, it is a challenging task to balance 
the thermal demand (power block) and supply (solar block) in 
order to achieve a stable operation [12]. To control the cycle 
TIT, different control system strategies were developed in 
previous studies, these include Turbine bypass control 1 and 2, 
Throttle control, Temperature control, and Inventory control.  
 
Turbine bypass control 1 and 2: 
  
      Turbine bypass control is a control system strategy that 
takes advantage of the high-pressure flow at the inlet of the 
turbine and sends a small portion of the flow through a valve 
bypassing the turbine. This will reduce the flow rate through 
the turbine and produce less power output but offer a means to 
regulate the system temperature and pressure level by 
controlling the turbine's operational point [13]. Turbine bypass 
control 1 involves placing the bypass valve at the turbine side 
of the HTR, whereas turbine bypass control 2 places the same 
valve in between the HTR and LTR piping. This control system 
responds quickly to small fluctuations and rapid changes to the 
heat/grid load [14].  

 
Throttle control:  
 
      Throttle control involves placing a throttling valve at the 
turbine inlet, which can be adjusted to control the inlet 
conditions to achieve the desired output power and temperature. 
The working fluid flows through the throttling valve in an 
isenthalpic process (constant enthalpy). Just like turbine bypass 
control, the system can respond quickly to load changes in 
keeping the TIT constant.  
 
Temperature control: 
 
      Temperature control can be carried out by adjusting the 
temperature at the turbine inlet by making use of a primary loop 
that contains a different HTF e.g., molten salt, then the actual 
cycle. The primary loop HTF is heated by the central receiver 
and the flow rate of the primary HTF is regulated to maintain a 
constant TIT of the main cycle. This configuration however 
cannot be utilized for direct heating since direct heating does 
not make use of a primary loop. 
  
Inventory control: 
 
      An Inventory control system can be used to control the TIT 
by adjusting the mass flow rate of sCO2 in the cycle with the 
aid of the compressors according to the heat input. As shown in 
figure 2 below, the Inventory control system adjusts the mass 
flow rate by adding/removing mass from the system and storing 
it in an Inventory tank. Value V1 is connected to the high-
pressure side and valve V2 is connected to the low-pressure 
side of the cycle. The Inventory tank, which is at a lower 
pressure than the high-pressure side of the cycle and at a higher 
pressure than the low-pressure side of the cycle, stores the 
sCO2. The valves control the inflow and outflow of sCO2 from 
the main cycle, depending on the mass flow rate needed to 
maintain a relatively constant TIT. The Inventory control 
system can make the cycle operate stably without causing large 
fluctuations in the thermophysical parameters of the system 
[14]. 

 

 
Figure 2 Brayton recompression cycle with an inventory 

control system 
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If the TIT increases, due to an increase in heat input, the 
Inventory control system responds by opening valve V2 at the 
low-pressure side allowing sCO2 to enter the cycle effectively 
increasing the mass flow rate of the cycle. The increase in mass 
flow rate decreases the TIT to the desired set-point at which 
point value V2 is then closed. 
 
 
 
 
 
 
 
 

 
 

(a)                                                      (b) 
 

Figure 3 Cycle parameters with inventory control system 
during heat input increase [9] 

The Inventory control system is also referred to as a 
pressure control system. Figure 3 (a), shows how the pressure 
in the system changes as the heat input changes. This happens 
because of the inflow/outflow of the working fluid to/from the 
Inventory tank during a heat input change, hence, the term 
pressure control. Similar pressure results are obtained for the 
other control system strategies mentioned previously. [14] and 
[15] analyzed several off-design control systems for the 
Recompression cycle, and concluded that Inventory control 
offers potentially the best part-load cycle efficiency, as can be 
seen in Figure 3 (b).  
 
Climate in Upington 
 

A detailed weather report for Upington was obtained for the 
year 2019 from observations done by [16], where every hour in 
the day, various weather attributes were recorded. These 
include Temperature, DNI, Relative humidity, etc, for the entire 
year. 

 
 

Figure 4 DNI, Heat input, and ambient dry bulb 
temperature [11] 

 
The weather conditions from [16] as well as the equations 

from [11], were used to obtain the heat input profile (green 
line) shown in Figure 4 above. The calculations were done from 
sunrise (05h00) to sunset (19h00), in which the heat input 
reached a peak of 44.09 MW at 12h10. During low DNI levels 
for the day chosen i.e., less than 379 W/m2 at an ambient 
temperature of 16.2 °C, the losses in the solar field and central 
receiver are so large that the heat rate to the CO2 is 0 MW. This 
happens during sunrise from 05h00 to 05h40 and sunset from 
18h40 to 19h00 as seen at the start and end of the heat input 
profile, respectively, in the figure above. 

 

POWER CYCLE MODELLING AND SIMULATION  
 
sCO2 recompression cycle Flownex modelling 
 

The Flownex Simulation Environment (SE), is an 
integrated system, CFD (Computational Fluid Dynamics) code 
that is used to design, simulate, and optimize complete one-
dimensional thermal-fluid systems [17]. It can simulate various 
scenarios involving steady-state and transient (dynamic) 
simulations such as two-phase systems, gas systems, heat 
transfer, liquid systems, etc. The Flownex simulation package 
was used to model the Brayton Recompression cycle, as the 
software uses a network of interconnected elements joined 
together to create a flow diagram. Turbine and compressor 
components are available and allow power generation networks 
to be created in detail.  

Flownex’s solver uses the Implicit Pressure Correction 
Method (IPCM), to solve the networks, this method solves the 
fundamental governing equations. The governing equations, 
i.e., the momentum equation, which is used on the elements of 
the networks, and the energy and continuity equations, which 
are used for the nodal points of the network [17]. The flow 
diagram of the IPCM method used in Flownex is shown in 
Appendix A.1. The version of Flownex that was used for this 
study, was version 8.12.7.4335. 

Figure 5 below, shows the built Brayton Recompression 
cycle using Flownex SE. The standard cycle layout 
configuration was adopted from [13], in which the U.S. 
Department of Energy conducted a simulation for a sCO2 
Brayton Recompression cycle in steady-state mode. In addition, 
the cycle in Figure 5 also includes the Inventory control system 
layout. 

 
Verification of the Flownex of the sCO2 recompression cycle 

 
To verify if the Flownex model is correct, a 

thermodynamic analysis was conducted to analyse the cycle 
configuration to determine the outputs of each component. For 
the thermodynamic analysis, a 22.2 MW heat input to the cycle 
was assumed, in which all states of the cycle were calculated. A 
22.2 MW heat input was also used for the Flownex model.  The 
results are displayed in Table 1, and the percent difference 
between the values are shown. 
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The most significant difference in results was from the 

effectiveness of the LTR and the main compressor power input, 
which was over 6 %. The effectiveness discrepancy is largely 
due to the LT pinch assumption made during the 
thermodynamic analysis, and further iteration of the LTR hot 
side outlet temperature is required to obtain more accurate 
results. The main compressor and Recompressor were modelled 
as basic centrifugal pumps, and therefore, the results are 
expected to deviate from an actual compressor component due 
to the absence of compressor charts. From the results, it is 
noted that more cooling is required, and a lower efficiency was 
obtained for the Flownex model, this was also expected since 
the Flownex model accounts for pipe losses and pressure drops 
across its components, whereas constant pressures were 
assumed during the thermodynamic analysis. Net power, total 
mass flow rate, and turbine output power show a < 2 % 
deviation from the thermodynamic analysis with an efficiency  
difference of 1.45 %. 

 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 

Table 1 Results of Flownex model and thermodynamic 
analysis. 

 
 

  
Thermodyna-
mic Analysis 

Results 

 
Flownex 
Model 
Results 

 
Difference 

[%] 

Input 
Heat input [kW] 22 000 22 000 0 

TIT [°C] 700 700 0 
P1 [MPa] 8.55 8.55 0 

Output 
P2 [MPa] 23.9 23.6 1.26 

Effectiveness 
(HTR) 

0.963 0.956 0.73 

Effectiveness 
(LTR) 

0.974 0.913 6.26 

 98.04 96.24 1.84 
Turbine Power 

[kW] 
14 554.0 14 468.1 0.59 

Main Compressor 
[kW] 

1 891.2 1 759.5 6.96 

Recompressor 
[kW] 

2 122.6 2 171.5 2.30  

Cooling rejection 
[kW] 

11 172.7 11 666.2 4.42 

Net Power 10 540.2 10 537.1 0.03 

Efficiency 48.2 47.5 1.45 
 

Figure 5 sCO2 Brayton recompression cycle with incorporated inventory control system. 
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A 10 MW net power Recompression cycle was modelled 
by the U.S. Department of energy which was powered by 
Natural gas as the heat source. For the same 22.2 MW heat 
input applied, the U.S. departments cycle produced an 
efficiency of 46.8 %, which is a 1.4 % difference compared to 
the Flownex model. The overall results obtained from the 
steady-state Flownex model compare well with the 
thermodynamic analysis and results from the literature and 
therefore, can be trusted in the analysis further when 
considering transient simulations. 

 
Inventory control system logic 
 

The Inventory control system plays a crucial role in 
maintaining the TIT during heat input changes throughout the 
day. Iterative Script 1 (IS 1) from Figure 5 contains the control 
logic that controls the amount of mass needed in the system to 
maintain a relatively constant TIT. The flow chart used for IS 1 
is shown in Appendix A.2. 

Three values are specified within IS 1, which are used for 
control purposes. The first value is the set-point value (T_SP), 
which is the desired TIT and is specified as 700 °C for the 
Brayton Recompression cycle. The second value is the 
deadband value (deadband), which is specified as 0.1 °C and is 
the upper and lower limits at which the TIT settles i.e., in the 
bounds of 699.9 − 700.1 °C. The third value is the opening rate 
(dT_max_open) and is used to specify the gradient that controls 
the rate the valves open, a value of 10 was chosen which 
worked well during the transient simulation with minimal 
oscillations. During the transient, IS 1 receives the TIT value 
during each timestep and outputs two values that specify the 
opening for the two valves iteratively.  
      IS 1 then calculates the difference in temperature (error) 
between the set-point and the actual TIT as shown below:  
 

𝑑𝑑𝑇𝑇 = 𝑇𝑇_SP − 𝑇𝑇𝐼𝐼𝑇𝑇                                  (1) 
  
      If 𝑑𝑑𝑇𝑇 is positive and larger than the dead-band value, it 
means that the TIT has dropped below the set-point value and 
the total mass flow rate in the cycle would then need to 
decrease, to increase the TIT. IS 1 would then command valve 
V1 to open until the difference between 𝑑𝑑𝑇𝑇 and the dead-band 
is zero (setpoint value reached), the opposite happens when the 
TIT is above the set-point in which valve V2 is activated.   
 
      The equations used to control the rate at which the valves 
open are shown below:  
 

𝑔𝑔𝑐𝑐𝑔𝑔𝑑𝑑𝑔𝑔𝑒𝑒𝑔𝑔𝑔𝑔 = 1 / (𝑑𝑑𝑇𝑇_max _open − 𝑑𝑑𝑒𝑒𝑔𝑔𝑑𝑑𝑑𝑑𝑔𝑔𝑔𝑔𝑑𝑑)       (2)  
𝑂𝑂𝑐𝑐𝑒𝑒𝑔𝑔_Valve = 𝑔𝑔𝑐𝑐𝑔𝑔𝑑𝑑𝑒𝑒𝑔𝑔𝑔𝑔𝑔𝑔 (𝑑𝑑𝑇𝑇 − 𝑑𝑑𝑒𝑒𝑔𝑔𝑑𝑑𝑑𝑑𝑔𝑔𝑔𝑔𝑑𝑑)        (3) 

 
      The gradient can be controlled by adjusting the opening rate 
(dT_max_open) from equation 2, this value helps control the 
oscillations of the TIT during the transient simulation. Both 
valves use equation 3 to control their opening, as 𝑑𝑑𝑇𝑇 get 
smaller i.e., the TIT approaches the set-point, the valve opening 
decreases and eventually closes when the dead-band is reached. 

       For the Inventory control system to function as intended, it 
is important that the pressures in the system are known to 
prevent flow reversal through the valves, which can cause the 
TIT to spike and damage components. From Figure 3, the 
pressure in the system increases when the mass flow rate 
increases. One of the limitations in the system is that a 13.5 
MW heat input is required for the simulation to proceed, this 
limitation is to prevent flow reversal from occurring. At a heat 
input rate of 13.5 MW, the main compressor inlet pressure 
(CIP) is close to the critical point at a value of 7.5 MPa which 
is a constraint to the system, and the main compressor outlet 
pressure (COP) is at 13.1 MPa. For lower heat rates i.e, < 13.5 
MW, the system pressure drops below critical and flow reversal 
is likely to occur.  
      For example, as the heat input increase, the pressure at the 
low-pressure side of the cycle increases since the Inventory 
control system opens valve V2 to increase the mass in the 
system to stabilize the TIT. Consequently, the Inventory tank 
pressure decreases and if the low-pressure side of the cycle 
exceeds the Inventory tank pressure, flow reversal occurs at 
valve V2 when the valve is open, in which sCO2 flows into the 
Inventory tank instead of out. Flow reversal at valve V1 can 
also occur if the COP drops below the tank pressure of 12 MPa. 
To prevent this from happening, the Inventory control system 
only operates when the low-pressure is above critical and a 13.5 
MW heat input is obtained. 

RESULTS AND DISCUSSION 
 

This section discusses the results obtained during the 
transient simulation. Following several simulations, the 
transient analysis was conducted without violating system 
constraints on the cycle. It should be emphasized that the 
timing mentioned here is specifically for the day(s) chosen and 
can be different for other locations or day(s) chosen. It is 
important to note that the Inventory control system is active 
during the simulation results shown in this section. 

 
During the transient simulation in Flownex, for the hottest 

day experienced in Upington for the year , a snapshot of 
the cycle was taken, which is displayed in Figure 6 below. In 
the snapshot, two timesteps were passed in which different 
cycle parameters were set to be displayed. It is observed that at 
the end of each timestep, the system reaches a temporary 
steady-state. From time 8:04:54 to 8:04:55 i.e., one-time step, 
the heat input (red) increased linearly from  to 

. The increase in heat input caused the TIT 
(magenta) to also increase, however, the system responded by 
increasing the mass flow rate (blue) which consequently 
decreased the TIT until the set-point was reached, at which the 
mass flow rate temporarily remained constant.  
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The main compressor inlet properties were monitored 

during the simulation since these properties are vulnerable to 
cause the cycle to lose the supercritical state, as the main CIP 
and main CIT operate close to the critical point. From the 
figure below, the CIP (purple) increased by  for a  
increase in heat input during both timesteps. This is because the 
Inventory control system added mass to the cycle during the 
heat input increase, causing the cycle pressure to increase. The 
mass increase in the system also causes the high-pressure side 
to increase as shown by the COP (orange). It is important that 
the CIP does not equalize with the Inventory tank pressure, the 
effect of this happening is explored in Figure 12. 

Interestingly, the efficiency fluctuates in accordance with 
the TIT. This happens because, as the TIT increases, the turbine 
produces more power output which causes the efficiency to 
increase proportionally, however, once the temporary steady-
state is reached, the efficiency then decreases as the TIT 
decreases. The simulation repeats this process for each 
timestep. 
 

Figure 6 Snapshot of the system performance during transient simulation 
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Figure 7 sCO2 cycle simulation using the hottest day input variables 
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Figure 7 displays different cycle parameters that were 
obtained from the transient simulation of the Brayton 
Recompression cycle for the hottest day. The results are shown 
over a period of 12 hours and 15 minutes, in which the transient 
simulation ran when the requirements of the system were met 
as explained previously.  

The start-up procedure brings up the cycle from rest, at 
which point the net power (purple) starts at  at 06h05 
as shown in Figure 7 (a). From the figure, it can be seen that the 
cycle produces the maximum net power of  at the 
highest heat input of , which is at the design point of 
the cycle. During the simulation, the efficiency (light green) 
ranges from . The optimal efficiency was 
reached after  hours when the heat input was greater than 

 at which point the efficiency stabilized around 
. From time 08h00 to 12h10, the efficiency 

marginally decreased by . This is because the ambient 
temperature increased during that period to a maximum of 

, causing the heat input to increase resulting in a lower 
efficiency since the heat input is inversely proportional to the 
efficiency.  

Figure 7 (b) shows how the Inventory control system 
stabilizes the TIT at the desired  set-point, while the heat 
input changes throughout the simulation period. The two 
dashed horizontal lines on the figure are the dead-band bounds. 
It can be seen that the TIT constantly fluctuates in and around 
the dead-band. This is because, when the TIT equals the dead-
band value (either upper or lower limit), the Inventory control 
system constantly reacts to those limits by either increasing or 
decreasing the mass in the system, which changes the total 
mass flow rate, stabilizing the TIT. The maximum deviation of 
the TIT above the upper dead-band limit reached a value of 

 at the start, which is greatly lower than the  
maximum temperature these power systems can handle before 
material failure. 

Figure 7 (c) illustrates how the total mass flow rate (blue) 
of sCO2 changes to stabilize the cycle as the heat input 
increases. The total mass flow rate starts at  and 
proportionally rises with respect to the heat input, to a 
maximum value of . The dynamically changing flow 
rate is a very important characteristic of the system when 
operating with a solar-assisted heat source, because it aids the 
Inventory control system to stabilize the TIT and improve the 
cycle efficiency. The Recompression fraction (orange) remains 
constant at 31 % throughout the simulation. In a previous 
simulation, the system was allowed to change the 
Recompression fraction dynamically, however, the resultant 
efficiency was greatly reduced and the behaviour of the system 
was erratic and unpredictable hence a constant Recompression 
fraction was chosen which complies with [12]. 

Figure 7 (d) shows the power produced by the turbine 
(magenta), as well as the power consumed by the two 
compressors resulting in the net power (dark green). It can be 
seen that the turbine power follows a similar profile to the total 
mass flow rate profile in Figure 7 (c). The power produced by 
the turbine depends strongly on the total mass flow rate, since, 
the enthalpy difference across the turbine remains relatively 

constant and the fact that the total mass flow rate is directly 
proportional to the turbine power produced. Interestingly, for 
the compressors, the Recompressor (orange) consumes more 
power than the main compressor (black), yet the main 
compressor has a  higher mass flow rate than the 
Recompressor. This is because the work of a compressor is a 
function of the change in specific volume and the specific 
volume at the Recompressor inlet is far greater than that of the 
main compressor inlet, resulting in more compression work. 
The high specific volume at the Recompressor inlet is a result 
of not cooling the sCO2 before entering the Recompressor, as 
opposed to the main compressor, in which the sCO2 is cooled 
by the cooling system consequently reducing the specific 
volume of sCO2 and thus the compressor work. 

Figure 7 (e) displays the heat rejection (light blue) required 
to maintain a constant main CIT (brown) of  throughout 
the day. The heat rejection profile follows a similar profile to 
that of the heat input, where the maximum heat rejection 
required occurs when the maximum heat input is produced. It is 
important to note that the cooling system used, must be able to 
constantly adjust the heat rejection rate to maintain the constant 
CIT constraint for efficiency optimization. If the cooling 
system over cools the sCO2, there is a high chance, the system 
will become unstable and lose the supercritical state, which is 
undesirable.  

Figure 7 (f) shows the heat transfer associated with the 
HTR (red) and LTR (brown), as well as the average hot and 
cold side temperatures. It can be seen that the average 
difference in temperature between the hot can cold side 
temperatures of both recuperators, remains relatively constant 
throughout the simulation period. A  average 
difference for the HTR and a  average difference for 
the LTR. Given the relatively constant difference in 
temperature, the heat transfer rate increases in both recuperators 
as the heat input increases. This happens because the mass flow 
rate of sCO2 increases in the first half of the simulation 
resulting in a higher heat transfer rate. 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
(a) 
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(b) 
Figure 8 Cycle performance parameters obtained on the 

coldest day of the year 
 

On August 4th, Upington experienced the coldest weather 
for the year, where the lowest DNI and ambient temperatures 
were recorded. The heat input profile for that day was obtained 
and simulated in Flownex and the results are shown in Figure 8 
above. From Figure 8 (a), the highest heat input obtained was 

, which resulted in an  net power output. 
Comparing these results to the hottest day, the cycle produced 

 less power than it was designed for. From the figure, the 
efficiency could not reach the optimal value of  as 
achieved for the hottest day but rather , because of the 
cycle operating away from the design point due to the low heat 
input.  

The cycle could only operate from 10h00 to 15h00 i.e.,  
hours on this day compared to over  hours on the hottest day. 
From Figure 8 (b), as the total mass flow rate increased to 

 in the first hour, the TIT oscillated between both 
dead-band values. However, from 11h00 onwards, the TIT 
oscillated at the lower dead-band limit until the cycle went into 
shutdown (15h00). This happens because, as the heat input 
decreases, the TIT constantly wants to drop in temperature, 
however the total mass flow rate decreases while the Inventory 
control system extracts mass from the system keeping the TIT 
constant and effectively at the lower dead-band limit. 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

(a) 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 

(b) 
 

Figure 9 Inventory control parameters recorded for the 
hottest day 

Figure 9 displays different parameters associated with the 
response of the Inventory control system during the simulation 
of the hottest day. Figure 9 (a) and (b) shows the response of 
the low-pressure valve V2 (purple) and high-pressure valve V1 
(orange) over the simulation period, respectively, as well as the 
associated Inventory tank mass (light blue).  

It can be seen from Figure 9 (a), that valve V2 opens more 
frequently from 06h05 to 12h10 i.e., during increasing heat 
input. This is expected since more mass is needed in the system 
to accommodate the increasing mass flow rate to decrease the 
TIT and opening V2 allows mass from the Inventory tank to 
enter the cycle. During that period the mass in the Inventory 
tank decreased by  tons. A similar trend can be seen from 
Figure 9 (b), where valve V1 operates more frequently from 
13h00 to 18h15, to remove mass from the cycle to counteract 
the decreasing TIT where the Inventory tank mass increases 
back to its original state. 

Interestingly, between times 08h25 to time 12h05, valve 
V1 and V2 both operate to stabilize the TIT. This can also be 
seen in Figure 7 (b), where the TIT oscillates outside the dead-
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band during that period, which triggers the valves to open. This 
happens because, during that period, the gradient of the heat 
input decreases more frequently as it approaches the maximum 
heat input, causing disturbances in the system, resulting in large 
overshoots and undershoots in the TIT, triggering both valves 
to react. The system however stabilizes during those periods 
and maintains the TIT close to the set-point. 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 10 Pressure rise due to inventory control. 
 

During the first half of the transient simulation, when the heat 
input increases from  to , the pressure in 
the high-pressure side and low-pressure side of the cycle 
increases and is shown in Figure 10. The increase in the main 
COP (orange) and total mass flow rate (dark blue) correlates 
well with Figure 3 (a). The high-pressure side of the cycle 
reaches a maximum of , which is in the range of safe 
working conditions for Brayton cycles. From Figure 10, the 
main CIP (purple) increased by , but more importantly, 
remained above the critical pressure of  shown by the 
black dotted line. 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 11 Effect of main CIT on cycle parameters. 
 

The main CIT depends on the design of cooling system 
used to reject heat, and the ambient conditions (or cooling 

medium, depending on the cooling method). The results 
obtained in previous sections assumed a constant main CIT of 

. From an observation made on the Upington weather 
conditions recorded in the last two decades, with an assumed 
5°C pinch temperature, for about 23.4% of the plant operation 
time, the cooling system would fail to maintain the required 
CIT, which would induce higher CIT resulting drop of cycle 
efficiency as presented in Figure 11. For this reason, it would 
be recommended to observe suggestions made in literature 
pointing to the use of enhanced cooling systems designs such 
hybrid dry/wet cooling technologies [7]. However, in this 
section, the main CIT is varied from  to  in 
increments of , to observe what happens if the cooling 
system fails to keep the main CIT constant. 

The simulation was run for each increment of the main 
CIT, and the cycle results were captured when the heat input 
reached its maximum for the hottest day and is displayed in 
Figure 11 above.  

From Figure 11, it is clear that as the main CIT increases, 
the net power (purple) and the resulting efficiency (light green) 
decreases. On average, the efficiency decreases by  for 
every  increase in main CIT. There are two reasons for this 
occurrence, firstly, increasing the main CIT causes the TIT 
temperature to increase which results in the system having to 
increase the total mass flow rate to decrease the TIT to the set-
point, this can be seen in Figure 11 where the mass flow rate 
(blue) increases. The increase in mass flow rate requires more 
work from the compressors reducing the efficiency. The second 
reason involves the increase in specific volume of sCO2 across 
the main compressor due to the higher temperature. The 
increase in specific volume causes the main compressor to 
consume more power resulting in lower net power and resulting 
efficiency. 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 12 Effect of main CIT on pressure and heat rejection 
cycle parameters. 

 
From Figure 12, the heat rejection required (light blue) 

from the cooling system, increases with increasing main CIT. 
This happens because the temperature of the high-pressure side 
of the cycle increases with increasing main CIT, which 
decreases the heat transfer rate of the recuperators. This means 
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less heat is transferred from the hot side to the cold side of both 
recuperators. This effectively increases the inlet temperature of 
the cooling system causing a higher temperature difference, 
which results in more heat required to be rejected to attain the 
desired outlet temperature. Another important aspect that 
should be considered is the main CIP (purple) shown in Figure 
12. The main CIP increases with increasing main CIT. At the 
main CIT of , the main CIP is equal to the tank pressure 
(green), at which point flow reversal occurs. Therefore, the 
cooling system for this cycle configuration may not allow the 
main CIT to exceed , to prevent flow reversal from 
occurring. 

CONCLUSION  
 

In conclusion, the objectives set out during the execution of 
the study were met in which, the Brayton Recompression cycle 
was designed to achieve the desired maximum 20 MWe net 
power output. The simulation model of the sCO2 recompression 
cycle build in Flownex was built and verified for steady state, 
and the results aligned with the predictions made in [13]. The 
constructed model was then used for variable DNI (direct 
heating) and the required cooling capacity was assessed for a 
fixed CIT. To ensure higher cycle efficiency, it was imperative 
to consider an inventory control system which regulated the 
sCO2 mass flow rate to maintain the TIT in the vicinity of 
700°C. It was therefore concluded that thermodynamic analysis 
of the sCO2 recompression cycle revealed a high dependency 
on the cooling system maintaining the CIT and the efficacity of 
the inventory control system regulating the mass flow rate in 
order to maintain the TIT. This research has also revealed the 
necessity for development of enhanced performances heat 
rejection systems. 
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ABSTRACT 
Hydrogen, as a versatile energy resource, holds great 

potential to address various critical energy challenges due to its 
economic and environmental advantages. Hydrogen is 
profoundly influencing the long-term reconstruction of the 
world's energy supply and application system, and is accelerating 
the transition and generational evolution in the fields of 
transportation, power generation, chemicals, and housing. Phase 
transitions occur in most hydrogen energy production and 
industrial applications that involve temperature and pressure 
changes. Therefore, phase equilibrium analysis is essential for 
accurate and reliable description of various engineering tasks in 
the development of the hydrogen economy. The conventional 
iterative flash calculation methods can estimate phase 
equilibrium states, but are typically time-consuming to achieve 
convergence. This poses a challenge for the flash calculation in 
engineering applications with varying environmental conditions 
and complex fluid compositions. In this work, a 
thermodynamics-informed deep neural network is developed to 
accelerate the flash calculation for general working fluids in 
hydrogen energy. Relevant industrial suggestions are provided 
to purify the production and extract the by-products based on the 
predictions from phase stability test and phase splitting 
calculation. Compared with conventional iterative methods, the 
proposed deep learning-assisted flash calculation algorithm 
significantly reduces the CPU time required for a realistic 
engineering application while maintaining thermodynamic 
consistency. 

NOMENCLATURE 

U [J] Internal Energy 
E [J] Kinetic Energy
W [J] Work done to the system
Q [J] Heat transferred to the system
S [J/K] Entropy 
T [K] Temperature
t [s] Time
n [mol] Chemical compositions  
F [J] Helmholtz Free Energy 
f [J/mol] Helmholtz Free Energy density 
P [Pa] Pressure  
μ [J/mol] Chemical potential 

Subscripts/Superscript 
L Liquid phase 

G Gas phase 
sys System 
surr Surrounding 

Abbreviations 
NVT flash Flash at constant chemical compositions (N), 

volume (V), and temperature (T) 
NPT flash 

SMR 
POX 
TPD 
EOS 
CCUS 
MSE 

Flash at constant chemical   compositions (N), 
pressure (P), and temperature (T) 
Steam methane reforming 
Partial oxidation 
Tangent plane distance 
Equation of state 
Carbon capture, utilization, and storage 
Mean squared error 

INTRODUCTION 
Hydrogen is an extremely flammable gas under normal 

temperature and pressure conditions, colorless and insoluble in 
water. Hydrogen is a substance with the smallest relative 
molecular mass and strong reducibility. It is often used as a 
reducing agent to be added in chemical reactions. In addition to 
being used in power generation and transportation fuels as well-
known applications, hydrogen is also widely used in oil refinery, 
fertilizer production, and steel manufacturing.  

As an energy source, hydrogen offers some very attractive 
features. Firstly, hydrogen provides a clean source of energy 
with no adverse environmental impact during operations. 
Hydrogen can be burned with oxygen to produce heat energy, 
and can also be converted into electricity through fuel cells. 
However, unlike traditional fossil fuels, in the process of 
converting hydrogen into electricity and heat, only water is 
produced and greenhouse gases or fine dust can be eliminated. 
In particular, combustion of hydrogen is also believed to be non-
toxic exhaust emissions, which is therefore generally preferable 
for indoor heating and cooking in comparing with coal and 
wood. Secondly, hydrogen contains a much higher energy (heat) 
density than common fossil energy per unit mass. The same mass 
of hydrogen contains about three times the heat of gasoline, 
making it widely preferred in the petrochemical industry and 
aerospace rock power. Thirdly, hydrogen can be produced from 
a wide range of resources, including industrial tail gas and 
chemical by-products, which may further help energy 
conservation and emission reduction. Lastly, hydrogen is 
flexible in storage and transportation, as its volume can be 
compressed significantly if cooled and pressured to be 
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liquidized. Hydrogen energy processes need phase transitions 
and phase equilibrium analysis is therefore required for accurate 
and reliable description of the engineering tasks in many 
scenarios involving temperature and pressure change.  

The phase equilibrium conditions of fluid mixtures play a 
crucial role in designing physically meaningful models and 
robust algorithms for simulating multicomponent multiphase 
flows in a wide range of applications, especially when phase 
transition occurs and both single-phase and two-phase regions 
are involved. The number of phases in a fluid mixture is essential 
to build robust flow models, and to initialize a physically-
meaningful phase distribution for further calculations. Flash 
calculation [1], as the main approach to obtain this information, 
has become an indispensable part of phase equilibrium analysis 
in energy discovery and recovery. Two types of flash calculation 
schemes have become popular in the petroleum industry, namely 
NPT flash (at constant chemical compositions (N), pressure (P), 
and temperature (T)) and NVT flash (at constant N, volume (V), 
and T). In classical NPT flash calculation schemes [2], root 
selection is necessary if the cubic equation of state is used, which 
reduces the computational efficiency and stability. To 
circumvent this drawback, a NVT-type flash calculation scheme 
is developed in this paper to calculate phase equilibrium 
properties for fluid mixtures in various engineering scenarios in 
the hydrogen industrial chain.  

The study on phase equilibrium problems in hydrogen energy 
arises from phase transitions for hydrogen storage and currently 
focuses on constructing hydrogen clathrate hydrates for efficient 
hydrogen-storage materials. Modifying equilibrium conditions 
of the hydrogen-metal system was proposed as an effective 
approach to control the extraction and adsorption of hydrogen 
gas based on a number of laboratory experiments [3, 4]. 
Thermodynamic characteristic of hydrogen was considered in 
[5] to theoretically explain the optimization of the storage 
capacity and working temperature and pressure for hydrogen 
storage using unalloyed magnesium metal. A high-pressure gas 
cylinder was applied in hydrogen storage at a maximum pressure 
up to 80 MPa with the development of advanced austenitic 
stainless steel largely immune to hydrogen effects at ambient 
temperature, and the thermodynamic properties of hydrogen 
under that extreme condition was explored in [6]. Compression 
safety of hydrogen at high pressure was tested in [7], but it was 
stated in [8] that certain drawbacks due to imperfect modelling 
of the hydrogen properties at high pressure. Thermodynamic 
analysis describing the phase transition processes during the 
hydrogen liquefaction cycle was carried out in [9] to study the 
energy consumption for liquefaction, and the high energy cost 
and unstable liquid phase were always challenging the large-
scale hydrogen liquefaction for storage and transportation [10]. 

The conventional iterative flash calculation schemes have 
proven their efficiency in phase equilibrium studies in hydrogen 
energy, but the computational cost is still a problem due to 
iterative methods. Recently, the remarkable advances of 
hardware equipment and computing power have enabled the 
hydrogen energy industry to pursue higher-precision and larger-
scale standards for engineering computations. Ultra-large-scale 
engineering simulators designed to study the phase transitions in 
the hydrogen industrial chain may benefit from accelerated 

computing of phase equilibrium states. In that regard, the 
emerging artificial intelligence technology and deep learning 
algorithms to accelerate the conventional flash calculations. 
Recent studies suggested that the prediction efficiency and 
accuracy are significantly enhanced while keeping the accuracy 
compared with the ground truth data [11]. In this work, we 
propose to further extend the phase equilibrium analysis assisted 
by deep learning acceleration methods to wider applications in 
the hydrogen industry. In particular, the thermodynamics-
informed neural network (TINN) is capable of incorporating 
special operation and environmental conditions that should be 
considered in certain scenarios, for example, phase stability 
assessment in hydrogen pipeline transportation to avoid 
unexpected liquefaction of the gas in transportation, which may 
challenge the material stability of the pipeline and cause unsafe 
corrosion and leakage.  

MAIN SCHEME 
A schematic diagram of the general flash calculation in the 

hydrogen energy industry is plotted in Figure 1. Thermodynamic 
analysis is the foundation of both iterative schemes and deep 
learning acceleration models, meanwhile special operation and 
environmental conditions should be considered in the analysis in 
certain engineering scenarios. Laboratory experiments and 
practical operations can provide data to feed the training and 
testing of deep learning models. Additionally, iterative schemes 
can also generate training data when the physical experiments 
are hard or expensive to carry out. In this work, the training 
dataset is generated using the thermodynamically-consistent 
iterative methods. Results of flash calculation are divided into 
two modules, namely the phase splitting calculation and the 
phase stability test. The calculated phase equilibrium states can 
inform a physically-meaningful initial phase distribution for 
further flow simulations in hydrogen energy production, storage, 
and transportation. The phase splitting calculation can evaluate 
the possibility of phase transition, which can be used as an index 
to assess the operation safety and optimize the process for 
specific purposes, for example, purifying the production.  
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Figure 1 A schematic diagram of the main scheme for the 
accelerated flash calculation in hydrogen energy 

APPLICATION IN HYDROGEN ENERGY 
Hydrogen production using natural gas is a leading and 

mature production process that builds upon the existing natural 
gas (shale gas) production and transportation infrastructures. As 
reported in [12], 95% of the hydrogen produced in the United 
States is presently generated by natural gas reforming. Various 
physical and chemical processing techniques have been 
developed to produce hydrogen, including gasification, steam 
reforming, oxidation, electrolysis, and catalytic cracking. 
Hydrogen can be stored in multiple ways under different 
working conditions, such as vapor phase at high temperature, 
liquid phase at low temperature, solid phase and solved in 
organic liquids. Depending on the actual conditions, hydrogen 
can be transported from the point of production to the point of 
use via pipelines, liquid tanker trucks, or long tube trailers. The 
current utilization of hydrogen energy has been extended to 
electricity generation and traffic energy (hydrogen cars) from 
conventional applications in fuel. To facilitate the development 
of hydrogen economy, phase equilibrium can play a role in many 
processes covering the production, storage, and transportation of 
hydrogen energy. The popular SMR (stream methane reforming) 
technique requires the heating of the working fluid to facilitate 
chemical reactions, as well as the cooling of the productions to 
facilitate gas separations. During the process, phase transition 
may occur, which is generally needed for a successful 
engineering process. Another popular POX (partial oxidation) 
technique for in-situ hydrogen production from oil and gas 
reservoirs also involves dramatic temperature and pressure 
changes to enable the reaction and purify the production. For 
hydrogen storage in the forms of high-temperature vapor and 
low-temperature liquid, it is only possible and safe when phase 
transitions are under a good control. Thus, to support the 
development of hydrogen energy, it is relevant and important to 
have a clear understanding of the thermodynamic foundations 
behind phase transition and phase equilibrium properties under 
various engineering scenarios. 

NUMERICAL METHOD 
The following energy conservation equation can be derived 

directly from the first law of thermodynamics: 
( )

= + ,                             (1)    

where 𝑈 and 𝐸 represent the internal energy and kinetic energy, 
and 𝑊 and 𝑄 represent the work done and the heat transferred to 
the system respectively. The total entropy S can be divided into 
two parts, namely the entropy of the system 𝑆sys and the entropy 
of the surrounding environment 𝑆surr. According to the relation 
between entropy and heat,  

𝑑𝑆surr = − ，                            (2)                                                      

which further leads to:  

=
sys

+ surr =
sys

− = −
( )

+ .          (3) 

The main difference in thermodynamic principles between NVT 
flash and NPT flash algorithms is that the former minimizes 
Helmholtz free energy instead of Gibbs free energy. The 
Helmholtz free energy (𝐹 ) of gas-liquid two-phase system is 
given by, 

𝐹 = 𝑓(𝒏 )𝑉 + 𝑓(𝒏 )𝑉 ,                      (4) 

where 𝑓  is the Helmholtz free energy density, 𝒏 is the molar 
density, 𝐺 denotes the gas phase, and 𝐿 denotes the liquid phase. 
An equation of state (EOS) is often used in flash calculations as 
the basic formula to describe the thermodynamic rules. Peng–
Robinson EOS is typically used in energy industry[1].  

Based on Reynold’s transport theorem, Equation (3) can be 
written as: 

= 𝑑𝑉
( )

+ ∫ ∇(𝐮𝑠)𝑑𝑉
( )

,

= 𝑑𝑉
( )

+ ∫ ∇(𝐮𝑓)𝑑𝑉
( )

.
            (5) 

Using the chain rule, the evolution format of Helmholtz free 
energy over time can be obtained as follows for a fluid mixture 
with 𝑀 components: 

= + = (𝜇 − 𝜇 ) +

(𝑝 − 𝑝 ) .                 (6) 

The following time-marching evolution scheme can be 

formulated if the Onsager matrix 𝜳 = 𝜓 , ,
 is defined to 

ensure the continuous dissipation of the total Helmholtz free 
energy as required by the second law of thermodynamics: 

= 𝜇 (𝐧 ) − 𝜇 (𝐧 ) , 𝑖 = 1, … , 𝑀,

= (𝑝 − 𝑝 ).                             
   (7)                              

 
Iterative flash calculation results 

Two different experimental cases are designed to calculate 
the phase equilibrium states for different feed compositions 
under a wide range of environmental temperatures between 
150K and 300K, and overall mole concentration between 
0mol/m3 and 10000mol/m3. Mole fractions of the CH4/H2/CO2 
feed are defined as [0.9, 0.01, 0.09] in Case 1 and [0.01, 0.9, 
0.09] in Case 2. More methane is fed in Case 1, which simulates 
the scenario of hydrogen production from methane. More 
hydrogen is fed in Case 2, which simulates the scenario of 
hydrogen storage. The number of phases at equilibrium is plotted 
in Figs. 2 and 4 for the two cases, respectively, to evaluate the 
phase stability test. The global TPD (tangent plane distance) 
function is plotted in Figs. 3 and 5 to describe the free energy. It 
can be seen from these figures that the phase transition 
temperature varies among different feed compositions, which 
indicates the necessity of adjusting the processing conditions for 
different engineering purposes. In particular, a higher 
temperature is required for entering the single-vapor-phase 
region if methane is the main component in the mixture (as 
shown in Fig. 2 and 4), which can be attributed to the higher 
critical temperature of methane compared with hydrogen. Thus, 
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it may be benefited to increase the operation temperature in one 
certain range, in order to ensure the full gasification of hydrogen 
to remove methane and carbon dioxide from the remaining liquid 
and purify the hydrogen production. Similarly, controlled 
cooling down of the fluid mixture can help collect the carbon 
dioxide and methane from the liquefied working fluid for further 
utilizations, for example, carbon dioxide capture, utilization and 
storage (CCUS).  

 

Figure 2 Number of phases at equilibrium for Case 1 

 
Figure 3 Global TPD function for Case 1 

 

 
Figure 4 Number of phases at equilibrium for Case 2 

 
Figure 5 Global TPD function for Case 2 

THERMODYNAMICS-INFORMED NEURAL NETWORK 
The thermodynamics-informed neural network (TINN) is 

developed in this work to accelerate the conventional iterative 
flash calculation methods.  

 
Figure 6 Schematic diagram of TINN structure 

 
As shown in Figure 6, the input at the first layer of the 

network is divided into two modules, namely the thermodynamic 
properties and environmental conditions. The thermodynamic 
properties are selected based on the thermodynamic analysis to 
implicitly represent various components in the deep learning 
model and underneath thermodynamic laws. The environmental 
conditions reflect the environmental scenario in practical 
engineering and work as constant constraints of boundary or 
initial conditions in the digital space. The operation conditions 
refer to additional requirements for each engineering application, 
such as the output flux at a key station in a hydrogen pipeline or 
the pressure limits introduced by pipeline materials. The output 
layer contains two modules, namely the phase stability test and 
the phase splitting calculation result, as corresponding to the 
framework plotted in Figure 1.  The phase stability test result can 
serve as an index to check operation safety, as phase transition 
may or may not be preferred in certain engineering operations. 
Furthermore, the phase stability information can also be used to 
optimize operating conditions. For example, higher pressure is 
desired in hydrogen transportation, but phase stability should be 
checked for determining the maximum pressure to avoid 
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liquefaction. Otherwise, excessive high pressure may cause 
corrosion or hydrate blockage in the pipeline.  

Based on the advanced neural network structure with 
thermodynamic information, the deep learning model can be 
further optimized with proper hyper-parameters tuning and data 
processing. Comparisons of the deep learning predictions using 
different numbers of nodes in one hidden layer and different 
numbers of data for training and testing are presented in Table 1. 
The training and prediction performance is evaluated by the 
mean squared error (MSE) in the training and testing periods 
after 1000 training iterations. The MSE of the training period 
after certain iterations shows the decreasing rate of loss function, 
and that of the testing period validates the prediction accuracy of 
the trained model. Table 1 suggests that increasing the number 
of nodes in hidden layers can improve the prediction 
performance of the trained deep learning model, but 200 nodes 
in one hidden layer are enough to obtain an acceptable prediction 
accuracy. Moreover, the case with 80% of the iterative flash 
calculation data for training and the other 20% for testing is 
proved to have the best training and prediction performance. 
Less data used for training may result in an inaccurate deep 
learning model, as shown in the last row, while too many data 
may lead to overfitting and less accuracy in predictions, as 
shown in the second last row.  

Number 
of Nodes 

Training 
Data 

Testing 
Data 

MSE in 
Training 

(e-4) 

MSE in 
Testing 

(e-4) 
100 80% 20% 2.7265 3.0806 
150 80% 20% 2.5677 2.9605 
200 80% 20% 2.4357 2.5587 
250 80% 20% 2.4004 2.5406 
300 80% 20% 2.4209 2.5101 
200 85% 15% 2.7318 2.8511 
200 90% 10% 2.4700 3.0858 
200 75% 25% 2.8008 3.0644 

Table 1 Tuning on the network structure and data ratio 

DEEP LEARNING PREDICTIONS 
The optimized deep learning algorithm with the tuned 

structure and data size is applied in the training of a model to 
accelerate the iterative flash calculation. Validation of the deep 
learning method is carried out by comparisons with the iterative 
flash calculation method, as shown in Figure 7 and 8. The trained 
model accurately predicts the number of phases at equilibrium at 
different temperatures for Cases 1 and 2 respectively, and 
successfully captured the phase transition point under various 
constant mole fractions. Besides, a higher temperature is needed 
for Case 1 to enter the single phase region, while that of Case 2 
is lower even in a more dense concentration (equivalent to easier 
liquefaction). Improvement on the computational efficiency can 
be detected by comparing the CPU time used for iterative flash 
calculations and the prediction using the trained model. As 
shown in Table 2, a significant acceleration (more than 200 
times) can be achieved if the deep learning method is applied in 
the phase equilibrium calculation. Thus, numerical results 

suggest that the the developed deep learning method is efficient, 
aacurate and robust. .  

Method CPU time in 
Case 1 (s) 

CPU time in 
Case 2 (s) 

Iterative NVT flash 397 385 
Deep learning 1.5 1.9 

Table 2 Comparisons on the CPU time 

Figure 7 Validation of the deep learning method for Case 1 at 
constant C=200mol/m3

Figure 8 Validation of the deep learning method for Case 2 at 
constant C=1000mol/m3

The trained model can be further applied to investigate the 
phase equilibrium states in various engineering scenarios, which 
could help the hydrogen industry to optimize operations 
regarding phase transitions. For example, the effect of the overall 
mole concentration on phase equilibrium states is studied and 
plotted in Figures 9 and 10 for Cases 1 and 2, respectively. 
Generally speaking, a higher mole concentration means that the 
fluid is more likely to be liquefied, so that a higher temperature 
is needed to enter the single-liquid region. Besides, as the 
compositional mole fractions are different in the two cases, the 
phase transition temperature also varies in the two cases due to 
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the different thermodynamic properties of the dominant 
components. Thus, the hydrogen energy industry should be 
careful when the working fluid mixture changes, to avoid 
unexpected phase transitions and to ensure the expected single-
phase states. Controlled phase transition to purify the production 
should also be adjusted on the operation conditions, as the 
thermodynamic properties of the system have been changed. The 
developed deep learning model can quickly suggest such 
modifications.  

 
Figure 9 Effect of the overall mole concentration on phase 

equilibrium states in Case 1 
 

 
Figure 10 Effect of the overall mole concentration on phase 

equilibrium states in Case 2 
 

CONCLUSION  
Hydrogen energy has arisen increasing interests in the last 

decades and become an important part of the future energy 
solution to seek for the balance between energy consumption and 
environment protection. However, the current popular hydrogen 
production from methane results in a multicomponent fluid 
mixture during the hydrogen transportation and storage facilities. 
Both methane, as the resource, and carbon dioxide, as the by-
product in reforming, can exist. Thus, to avoid possible unsafe 
phase transitions, flash calculation for the fluid mixture is needed 

to check the phase stability during hydrogen production, 
transportation, and storage. In order to accelerate the 
conventional iterative flash calculations, a deep learning method 
is developed in this work based on the TINN structure. The 
network structure and data size are optimized to improve training 
speed and prediction accuracy. The validated deep learning 
method providing significant improvement in robustness, 
accuracy, and can efficiently predict the phase equilibrium states 
in various engineering scenarios. The effect of the overall mole 
concentration in the working fluid through the hydrogen energy 
chain has been investigated using the developed model. Relevant 
suggestions are provided to the hydrogen industry to optimize 
the operations for production safety and purifications.  
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ABSTRACT 
The global trend towards stricter vehicle emission standards 

requires greater knowledge about the use of renewable fuels, in 

order to design strategies to reduce the use of non-renewable 

fossil fuels and the environmental impacts of road transport 

vehicles equipped with diesel engines. In this study, a simple 

phenomenological model with three combined Wiebe functions 

is used to describe the main injection heat release rate of an 

unmodified heavy diesel engine fueled with binary blends of n-

butanol (up to 20% by volume) with conventional diesel fuel. 

Conventional diesel was used as a baseline fuel to compare 

combustion characteristics with binary blends (DBu5, DBu10, 

and DBu20). The results show apparent heat release rate 

(AHRR) calculated from the model is in good agreement (RMSE 

≤ 7.18 J/°CA) with experimental values. Peak AHRR values 

(J/°CA) for fuel blends DBu5, DBu10, DBu20 and reference 

diesel were found to be 244.2, 240.9, 232.7, and 245.4 

respectively. 

INTRODUCTION 

The growing problems of environmental pollution, global 

warming, oil depletion, and their associated consequences have 

been a concern for governments and other social institutions for 

the last few decades. It is estimated that the emissions from 

transport sector are one of the major sources of air pollution that 

affects the human health and environment [1], [2]. Moreover, the 

worldwide tendency to adopt tighter vehicle emissions standards 

[3] necessitates the consideration of alternative green fuel to

replace diesel.

The use of renewable fuels as substitutes for conventional 

fossil fuels has been strongly promoted in recent years to control 

global warming. The EU Renewable Energy Directive 

(2018/2001) [4] established a 14% contribution of renewable 

energy in rail and road transport by 2030, encouraging the use of 

biofuels with non-crop and waste origin (with a contribution of 

at least 3.5%), usually denoted as advanced biofuels. Among 

them, n-butanol produced from waste or lignocellulosic 

materials has become an attractive and sustainable green energy 

source for diesel engines that has a clear potential for the partial 

substitution of fossil-based diesel fuel. 

It is a well-established fact that the emission performance 

characteristics of an internal combustion engine depend entirely 

on the combustion phenomena occurring in the engine cylinder. 

The use of simple combustion models, such as the Wiebe 

function, to analyze or predict the combustion process in such 

engines can accelerate knowledge and help optimize engine 

performance with these biofuels. In this sense, the study of the 

combustion characteristics of binary diesel/n-butanol blends is 

important to determine the optimal fuel mixture ratio that allows 

to improve/maintain engine performance parameters with 

simultaneous reduction of emissions (NOX and particulate 

matter). 

Diesel engine combustion modeling can be divided into two 

main categories [5] thermodynamic (zero-dimensional) 

modeling and multidimensional modeling. Thermodynamic 

modeling can be further divided into two subgroups, namely, 

single-zone and multi-zone modeling, of which single-zone 

modeling is useful for fast and preliminary analysis of engine 

performance [6]. In single zone modelling, engine combustion 

characteristics can be understood through apparent heat release 

rate (AHRR) model where the first law of thermodynamics is 

considered for energy balance. AHRR can be determined from 

in-cylinder pressure data measured as a function of crank angle 

(𝜃) [7]. Burn fraction (𝑋𝑏) at any stage of the combustion can be 

predicted by applying Wiebe function which has been used by 

many researchers [6]–[8] to analyze the combustion 

characteristics of different fuels and fuel blends. Nature of burn 

fraction curve depends on the values of efficiency (𝑎) and form 

factors (𝑚) as given in Wiebe equation refer Eq. (1) [7]. 

𝑋𝑏(𝜃) = 1 − 𝑒𝑥𝑝 [−𝑎 (
𝜃−𝜃0

∆𝜃
)

𝑚+1

] (1) 

where 𝜃 = instantaneous crank angle (degree), 𝜃0 = crank 

angle at which AHRR becomes positive (degree) and ∆𝜃 = 

combustion duration, 𝑋𝑏(𝜃) = burn fraction as a function of

crank angle 𝜃. 

Combustion phenomena is normally divided into three 

phases viz. premixed combustion mixing controlled (or 

diffusion) combustion and late combustion (or after burning) 
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phase [7], [9]. Each of these phases has a different rate of 

combustion, therefore a single Wiebe function cannot be applied 

for the characterization of the entire combustion process. Serrano 

et al. [10] simulated the premix, diffusion, and late combustion 

phases of a turbocharged diesel engine by combining three 

Wiebe functions. Xu et al. [11] used double Wiebe function (to 

correlate premixed burn and diffusion burn) and triple Wiebe 

function (to represent premixed, main combustion and late 

combustion burning phases) and found that triple Wiebe function 

was more accurate and preferable in terms of predicting 

evolution of mass fraction burn for dual fuel combustion analysis 

in diesel engine. A similar observation was made by Awad et al. 

[6] who experimentally studied the three phases of combustion 

of a diesel engine fueled with diesel fuel and biodiesel and 

analyzed them using a triple Wiebe equation. 

The present study attempts to model the experimental data of 

an unmodified four-cylinder heavy-duty diesel engine 

consuming diesel/n-butanol blends using a single zone 

combustion model along with the modified triple Wiebe 

equation and analyze the different stages of combustion 

phenomena related to emissions and performance characteristics 

in comparison with conventional diesel. 

NOMENCLATURE 
 

Abbreviations 

Bu5D  5% n-butanol + 95% conventional diesel 

Bu10D  10% n-butanol + 90% conventional diesel 

Bu20D  20% n-butanol + 80% conventional diesel 

CA  Crank angle 

AHRR [J/ºCA] Gross apparent heat release rate 

MFB  Mass fraction burn 

RMSE  Root mean square error 

WHSC  World Harmonized Steady State Cycle 

 

Symbols 

A [m2] Area of cylinder wall 

𝑎𝑖   Efficiency factor for ith stage of combustion  

B [m] Cylinder bore 

𝐶𝐻𝑅𝑡𝑜𝑡𝑎𝑙  [J] Cumulative heat released per cycle 

𝐶𝐻𝑅𝜃  [J] Cumulative heat released up to crank angle 𝜃 

𝑚𝑖  Form factor for ith stage of combustion  

𝑝 [N/m2] In-cylinder pressure 

𝑄𝑛 [J/ºCA] Net apparent heat release rate 

𝑟𝑐  Compression ratio 

𝑅  Ratio of connecting rod length to crank radius 

𝑉 [m3] Instantaneous volume 

𝑉𝑐 [m3] Clearance volume 

𝑋𝑏(𝜃)  Burn fraction as a function of crank angle 𝜃 

𝛽𝑖   Burn fraction for ith stage of combustion 

𝜃 [degree º] Crank angle 

𝛾  Specific heat ratio 

∆𝜃  Combustion duration 

MATERIAL AND METTHODS 
 

Engine Setup and Experimentation 

A 4-stroke four-cylinder diesel engine test setup has been 

used to perform the experiments. The setup mainly consists of 

engine, dynamometer control unit, fuel measurement unit, eddy 

current dynamometer, gas analyzer and data acquisition system. 

The specifications of the engine assembly are summarized in 

Table 1. 

Table 1. Engine specifications. 
Items Value 

Engine Type Common rail turbo charged with intercooler 

Number of cylinders 4 in-line 

Displacement (cm3) 4462 

Bore (mm) 107 

Stroke (mm) 124 

Compression ratio 17.3:1 

Rated Power 135 kW/2300 rpm 

Rated torque 700 Nm/1200-1600 rpm 

After-treatment system SCR 

 

Exhaust emissions were analyzed and recorded at a 

frequency of 10 Hz using a portable emission measurement 

system (PEMS, OBS-2000, Horiba); which provides an accuracy 

of ±2.5% of full scale. The measurement methods for THC, 

NOX, CO, and CO2 are heated flame ionization detector, heated 

chemiluminescence detector and heated non-dispersive infrared, 

respectively [12]. The in-cylinder pressure data acquisition was 

performed by a combustion analyses system (KiBox) consisting 

of a AVL GH14D cylinder pressure transducer, charge amplifier 

(Kistler 5064C), and crank angle adapter (Kistler 2619A11). The 

cylinder pressure and crank angle data were collected in KiBox 

for 100 consecutive cycles with a crank angle resolution of 0.1 

°CA. 

During the test, first the engine was preconditioned for at 

least 10 min following the procedure established in regulation 49 

[13]. Then the engine was operated for the time prescribed in the 

World Harmonized Stationary Cycle for mode 7 at the speed of 

1406 rpm and 70% load. Experiments were carried out without 

modifying the original configuration of the engine mapping. Fuel 

injection strategy was not externally controlled during the tests. 

The temperatures of the lubricating oil, coolant and intake air 

were controlled at 85 ± 3, 82 ± 2 and 35 ± 3 °C, respectively. All 

fuels were tested three times to ensure that the results were 

sufficiently repeatable. 

 

Fuels 

Commercial diesel (EN 590), supplied by Repsol (Madrid, 

Spain) and n-butanol, supplied by Quimidroga SA (Barcelona, 

Spain), were used as base fuels. Four fuels were tested in this 

work. Pure diesel (denoted as Diesel) was used as the basis for 

comparison, and the other three fuels were obtained by blending 

diesel and n-butanol in different volume proportions. 

Specifically, for DBu5, 5% n-butanol was added to neat diesel; 

for DBuD10, 10% n-butanol was added to neat diesel; for 

DBu20, 20% n-butanol was added to neat diesel. The key 

physical and chemical properties of the tested fuels were shown 

in Table 2. 

 

Table 2. Physical and chemical properties of analyzed fuels. 
Property Methods Diesel Butanol DBu5 DBu10 DBu20 

Density 

(kg/m³) 

ASTM 

D 4052 
844.1 813.4 841.4 840.8 838.9 

Kinematic 

viscosity 

at 40 ºC 

(mm²/s)  

ASTM 

D 445 
2.856   2.825 2.637 2.520 

Cetane 

number        

ASTM 

D613  
51.7   50.3 49.1 46 
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Flash point 

(ºC) 

ASTM 

D93 
62.5   40.5 39 37.5 

Low 

Heating 

Value 

(MJ/kg) 

UNE 

51123 
43.828 35.744 43.488 43.029 42.135 

C (wt.%) a   86.48 61.68 84.95 84.26 81.92 

H (wt.%) a   12.83 12.33 12.57 12.73 12.57 

N (wt.%) a   0.03 0.03 0.04 0.04 0.04 

O (wt.%) a   0.66 25.96 2.44 2.97 5.47 
a Obtained from elemental analysis 

 

Experimental model 

Apparent heat release rate (AHRR) values are calculated 

using pressure data as a function of crank angle which were 

obtained through piezoelectric sensor attached at cylinder head 

of the engine. AHRR was experimentally calculated using Eq. 

(2) [14]. 

 
𝑑𝑄𝑛

𝑑𝜃
=

𝛾

𝛾−1
𝑝

𝑑𝑉

𝑑𝜃
+

1

𝛾−1
𝑉

𝑑𝑝

𝑑𝜃
  (2) 

 

where 
𝑑𝑄𝑛

𝑑𝜃
 = net apparent heat release rate (J/°CA), 𝛾 = 

specific heat ratio, 𝑝 = instantaneous pressure (N/m2), and 𝑉 = 

instantaneous volume (m3). 

 

Instantaneous volume (𝑉) at any crank position can be 

obtained using the relation Eq. (3) of cylinder piston model 

derived from its geometry [14]. For the developed problem-

specific algorithm. 

 

𝑉 = 𝑉𝑐 {1 +
1

2
(𝑟𝑐 − 1) [𝑅 + 1 − cos 𝜃

− (𝑅2 − 𝑠𝑖𝑛2𝜃)
1
2]} 

(3) 

 

where 𝑟𝑐 = compression ratio, 𝑅 = Ratio of connecting rod 

length to crank radius, 𝑉𝑐 = Clearance volume (m3). 

 

Specific heat ratio γ was calculated from the slope of the 

straight line obtained after plotting ln 𝑝 vs. ln 𝑉 independently 

for compression and expansion strokes. 

 

Cumulative heat released (𝐶𝐻𝑅𝑡𝑜𝑡𝑎𝑙) and cumulative heat 

released up to specific crank angle 𝜃 (𝐶𝐻𝑅𝜃) can be calculated 

by performing numerical integration of the data obtained through 

Eq. (2) over corresponding combustion duration (Thakkar et al., 

2021). Experimental value of the burn fraction at every crank 

angle can be calculated from the following relation Eq. (4). 

 

𝑑𝑄𝑛

𝑑𝜃
=

𝐶𝐻𝑅𝜃

𝐶𝐻𝑅𝑡𝑜𝑡𝑎𝑙
  (4) 

 

Wiebe function for combustion model 

Wiebe function represents evolution of the burnt fuel fraction 

during combustion phenomena. As discussed earlier, the 

standard Wiebe law cannot fit the experimental burn fraction 

accurately for entire combustion when there are more than one 

dominant combustion phases [6]–[8]. The triple Wiebe function 

used in this study for combustion model Eq. (5). 

𝑋𝑏(𝜃) = ∑
1 + 𝑠𝑖𝑔𝑛(𝜃 − 𝜃𝑖)

2
𝛽𝑖 {1 − 𝑒𝑥𝑝 [−𝑎𝑖 (

𝜃 − 𝜃𝑖

∆𝜃𝑖
)

𝑚𝑖+1

]}
3

𝑖+1
 (5) 

 

where for 𝜃 > 𝜃𝑖; 𝑠𝑖𝑔𝑛(𝜃 − 𝜃𝑖) = 1, else. 𝑠𝑖𝑔𝑛(𝜃 − 𝜃𝑖) =
−1; 𝜃𝑖 = crank angle at which ith phase of combustion starts; ∆𝜃𝑖  

= combustion duration of ith phase of combustion; 𝑎𝑖 = 

efficiency factor for the ith phase of combustion; 𝑚𝑖 = form 

factor for the ith phase of combustion; 𝛽𝑖 = total burn fraction for 

the ith phase of combustion.  

 

The non-linear Least Squares method, by using the 

Levenberg–Marquardt algorithm [10] is applied to determine the 

values of 𝑎𝑖 and 𝑚𝑖 by comparing the Wiebe function to the mass 

fraction burn (MFB) calculated and the accuracy of triple-Wiebe 

function format was evaluated the root-mean-square error 

(RMSE) to compare the curvature of MFB curves. 

The model approximation of apparent heat release rate 

(AHRR) compared with experimentally calculated AHRR. Eq. 

(6) was used to predict the gross apparent heat release rate (𝑄𝑐ℎ) 

[7], [8]. 

 

𝑑𝑄𝑛

𝑑𝜃 𝑚𝑜𝑑𝑒𝑙
=

𝑑𝑋𝑏(𝜃)

𝑑𝜃
𝑚𝑓 . 𝐿𝐻𝑉𝑓𝑢𝑒𝑙 . 𝜂𝑐𝑜𝑚𝑏 (6) 

 

where 𝑋𝑏(𝜃) is the burn fraction at a particular crank angle 

(𝜃) predicted using triple Wiebe function, 𝑚𝑓 is the fuel 

consumption per cycle (g), 𝐿𝐻𝑉𝑓𝑢𝑒𝑙 is the lower heating value of 

fuel (J/g), 𝜂𝑐𝑜𝑚𝑏 is the combustion efficiency [7]. 

 

The modeled heat release rate data were used to predict in-

cylinder pressure using Eq. 7 [8] derived from the analysis of the 

first law of thermodynamics [14]. 

 

𝑝𝑖+𝑖 = 𝑝𝑖 +

∆𝑄𝑛

∆𝜃 − (
𝛾

𝛾 − 1) 𝑝𝑖
∆𝑉
∆𝜃

(
1

𝛾 − 1
) 𝑉

∆𝜃 (7) 

 

where 𝑉 is the in-cylinder volume, 𝛾 is the specific heat ratio, 

and 𝑝 is the in-cylinder pressure. 

RESULTS AND DISCUSSION  
 

Figure 1 shows the comparison between experimental and 

simulated values of in-cylinder pressure for diesel fuel. The 

combustion model was validated using the fitted Wiebe function 

to estimate the heat release rate, then applying this information 

to predict the in-cylinder pressure during the combustion 

process. The accuracy of each format of the triple Wiebe 

function was evaluated using the root mean square error (RMSE) 

to compare the predicted heat release rate and in-cylinder 

pressure with the experimental data. The RMSE values 

determined are ≤ 1.2 bar for all fuels. 

Peak in-cylinder pressure values (bar) for fuel blends DBu5, 

DBu10, DBu20 and neat diesel were found to be 125.5, 125.3, 

122, and 125.3 respectively. And maximum in-cylinder 

temperature values (ºC) for fuel blends DBu5, DBu10, DBu20 
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and neat diesel were found to be 2304, 2307, 2297, and 2314 

respectively. 

 
Figure 1 Experimental vs. model pressure for Diesel. 

The parameters of the triple Wiebe function obtained by 

curve fitting the experimental data on the combustion fraction 

are given in Tables 3. It can be seen from Table 3 that the shape 

factor values in the first stage (𝑚1) of combustion are 

significantly higher than those in the second stage (𝑚2) for diesel 

and diesel/n-butanol blends. This is due to slower initial 

combustion during the start of combustion, while the initial 

combustion is faster during the second stage of combustion, 

which is obvious from the nature of premixed combustion in the 

internal combustion engine [6]. Moreover, the triple Wiebe 

function predicted the mass fraction burned (𝑋𝑏) with good 

accuracy (R2 = 0.99) and the combustion phenomenon could be 

divided into three stages, namely, premixed, diffusion, and after 

burning (see Figure 2(a), (b), (c) and (d)). In Figure 2, the profiles 

of Xb_f, Xb_s and Xb_t represent the first stage burn fraction 

(premixed burn), second stage burn fraction (diffusion burn), 

third stage burn fraction (after burn), respectively.

 

Table 3. Triple Wiebe function parameters. 

Fuel 
Start of each burn phase Burn fraction Combustion duration Form factors Efficiency factors R2  

θ1 θ2 θ3 β1 β2 β3 Δθ1 Δθ2 Δθ3 m1 m2 m3 a1 a2 a3 (%) 

Diesel -4.9 3.12 21.28 0.19 0.72 0.09 9.23 29.1 57.8 1.77 0.54 -0.1 5.31 6.40 3.68 99.9 

Bu5D -4.9 3.14 21.27 0.19 0.72 0.09 9.21 29.0 57.5 1.76 0.53 -0.1 5.32 6.42 3.72 99.9 

Bu10D -4.9 3.12 21.29 0.19 0.72 0.09 9.22 28.5 56.9 1.75 0.55 -0.1 5.32 6.48 3.77 99.9 

Bu20D -4.9 3.12 21.22 0.19 0.72 0.09 9.24 28.7 59.6 1.76 0.55 -0.1 5.30 6.46 3.72 99.9 

 

 
Figure 2 Fit using the triple Wiebe function for all fuels [Xb_exp – experimentally calculated burn fraction, Xb_tw – burn fraction 

fitted using triple Wiebe function]. 
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Figure 3(a), (b), (c), and (d) show the apparent heat release 

rate (AHRR) obtained by fitting the experimental AHRR using 

triple Wiebe equations for different fuel blends. In Figure 2, the 

profiles of AHRRf, AHRRs and AHRRt represent the first stage 

burn fraction (premixed burn), second stage burn fraction 

(diffusion burn), third stage burn fraction (after burn), 

respectively. It is easy to deduce from Figure 3 that the AHRR 

calculated using the model is in good agreement with the 

experimental AHRR (RMSE ≤ 7.18 J/°CA). The low n-butanol 

contents in the binary mixture do not show considerable 

variations in the combustion process. However, it is important to 

note that the DBu20 blend leads to a slower initial combustion 

(see Table 3) due to the lower cetane number of n-butanol.   

The maximum AHRR for neat diesel fuel was 245.4 J/ºCA 

which decreased to 232.7 J/ºCA with the addition of n-butanol 

(DBu20 fuel blend) due to the lower heating value of the fuel 

blended with butanol [15]. However, the maximum AHRR 

values of DBu5 (244.2 J/ºCA) and DBu10 (240.9 J/ºCA) do not 

show considerable variations, due to the proper atomization and 

air/fuel blending of the oxygenated fuels with n-butanol [16].  

Combustion starts earlier and has a lower ignition delay (6.8 

ºCA) for diesel fuel compared to DBu20 (7.1 ºCA). The addition 

of n-butanol pushes the ignition delay from 6.8 °AC to 7.1 °AC. 

This is expected because n-butanol has a lower cetane number 

compared to diesel [17]. However, with the use of DBu5 and 

DBu10 blends the effect on ignition delay is less evident with 

values of 6.9 ºCA and 7.0 ºCA, respectively. 

 

 
Figure 3.  Triple Wiebe function for AHRR prediction [AHRR_exp = experimentally calculated AHRR, AHRR_tw = AHRR 

calculated using triple Wiebe function model] 

 

CONCLUSION  
The zero-combustion model using the triple Wiebe 

combustion fraction predicted AHRR data with good accuracy 

for all fuels. The results show that DBu5 and DBu10 blends did 

not alter the values of both peak in-cylinder pressure and peak 

apparent heat release rate (AHRR), while slightly decreasing 

peak in-cylinder temperature, with no significant changes in 

ignition delay and combustion duration. The DBu20 blend 

reduced peak in-cylinder pressure, peak AHRR and peak in-

cylinder temperature, in addition to increasing ignition delay and 

reducing combustion duration. The results of this study may be 

beneficial in promoting the use of n-butanol as an alternative 
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renewable fuel in diesel engines in order to meet current and 

future regulations related to emission control.  
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ABSTRACT 
A multi-fidelity optimization approach based on topology 

optimization is adopted in this work for the design of open-

system thermochemical energy storage reactors with superior 

performance. A low-fidelity model is constructed for the 

generation of multiple reactors designs with the aim of 

maximizing the way moist air is distributed in a reactive bed. 

Thus, the generated designs are tested in a validated high-fidelity 

framework and compared with a literature benchmark, with 

predicted enhancement in the amount of energy discharged up to 

+61%. The emerging design trends are analyzed to derive

practical design guidelines and to define new enhancement

pathways for the performance improvement of open-system TCS

reactors.

INTRODUCTION
Among the different TES technologies, thermochemical 

energy storage (TCS) presents the advantages of larger energy 

density. Besides, the nearly null heat losses characterizing these 

systems makes TCS reactors particularly attractive for long-term 

thermal energy storage [1].  

Several promising results about the use of TCS reactors in 

existing energy systems have been published in the literature 

[2,3]. However, such results exhibit measured performance to 

significantly differ from the theoretical maximum values. 

Research suggests the effective heat and mass transfer as one of 

the main limiting factors for such performance reduction. In 

particular, given the complex multi-physics problem describing 

the TCS reactors’ behavior, the configuration of efficient reactor 

geometries is a challenging task.  

This work deals with TCS reactors operated in the so-called 

open-system and employing gas/solid reactions. Here, air at 

ambient pressure is typically adopted to transport water vapour 

through a porous thermochemical material (TCM). Recent 

studies aimed at improving the reactor performance by the 

parametric variation of geometrical variables [4,5]. However, the 

entirety of these studies adopted design approaches based on the 

heuristic selection of geometrical configurations, which 

ultimately constraint the design space explored to the one 

conceived by the designers. 

In this work, the limitation posed by the selection of a 

limited design space is broken by the use of topology 

optimization. Topology optimization (TO) is a form-finding 

methodology that does not require any initial design guess, 

ultimately ensuring matchless freedom in the generation of 

optimal geometries. TO has already been adopted in the literature 

for the performance enhancement of several energy devices, 

such as fuel cells [6] and flow batteries [7]. However, to the best 

of the author’s knowledge, no studies in the literature dealt with 

the use of TO for the generation of optimized open-system TCS 

reactors. TO is adopted here for the design of flow channels for 

the effective transport of gas reactants so that the amount of 

reacted TCM can be maximized. Besides, given the large 

complexity of the investigated device, a multi-fidelity approach 

is proposed to ensure a robust, thorough and affordable design 

optimization tool. 

NOMENCLATURE 
Acronyms 

TO Topology Optimization 
LF Low-fidelity 

HF High-fidelity  

FC Flow channels 
TCS Thermochemical storage 

TCM Thermochemical material 

TES Thermal Energy Storage 
Symbols 

α [-] Reaction advancement 

E [kWh/m3] Reactor energy density 
kcin [1/s] Reaction kinetics 

s [-] Design variable 

ns [mol/m3] TCM molar density 
γ [-] Stoichiometric coefficient 

D [m2/s] Diffusion coefficient 

u [m/s] Velocity field 
c [mol/ m3] Vapour molar concentration 

t [s] Time 

K [1/m2] Permeability 
p [Pa] Air pressure 

pv [Pa] Vapour pressure 

μ [Pa∙s] Dynamic viscosity 
ρ [kg/ m3] Density 

cp [J/kg/K] Specific heat 

T [K] Temperature 
λ [W/m/K] Thermal conductivity 

pv,eq [Pa] Equilibrium pressure 

∆𝐻 [J/mol] Enthalpy of reaction 

kcin [1/s] Kinetic constant 
L [m] Characteristic length

Γ [m] Boundary 

Ω [m2] Domain 
αb [-] Brinkman term 

q [-] Convexity factor 

�̇�𝐿𝐹 [mol/m3/s] Mass sink constant 

∆𝑇 [K] Temperature lift

P [W/m] Reactor power output per unit length 

Subscripts 
eff Volumetric effective 
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TCS REACTOR CONFIGURATION 
TCS reactors operated in the so-called open-system mode are 

investigated and the reference system configuration is reported 

in Figure 1. The reference system configuration consists of a 

modular storage unit where a series of identical TCS reactors are 

placed in parallel [8]. Identical operating conditions can be 

assumed for each TCS reactor constituting the storage unit and 

thus the study of a single reactor can be performed in order to 

enhance the whole system performance. Besides, three-

dimensional effects can be neglected and heat and mass transfer 

is assumed to take place in the horizontal plane. 

 

 

Figure 1 Schematic of the TCS storage modular 

configuration in the instance of the TCM hydration 

Following the aforementioned assumptions, a 2D planar 

ground domain can be adopted for the analysis of the 

performance maximization of TCS reactors, as depicted in 

Figure 4Figure 4. The investigation is carried out in the context 

of domestic heating applications, and SrBr∙6H2O is selected as 

reference TCM. The hydrated and de-hydrated salt thermo-

physical properties are assumed from [2]. The analysis deals 

with the TCM hydration as this controls the discharging process 

and ultimately governs the amount of heat that can be retrieved 

from a TCS system.  

DESIGN APPROACH 
The design approach adopted for the performance 

maximization of TCS reactors is reported in Figure 2. Given the 

complexity of the targeted physical problem, a multi-fidelity 

approach is adopted for the generation of FC layouts [9]. The 

approach relies on the construction of a low-fidelity model, or 

pseudo model, which simplifies but still represents the full 

physical problem. The low-fidelity model is coupled with the TO 

algorithm to generate design candidates starting from a blank 

domain, i.e. without the need for any initial geometrical guess. 

The low-fidelity subproblem is thus adopted to generate various 

patterns of design candidates. This is done by the adoption of 

artificial design parameters, referred to as seeding parameters 

[9]. The variation of such seeding parameters is used to generate 

a series of TO-design candidates, which are then tested by means 

of a high-fidelity model. The latter is adopted to establish which 

of the generated TO candidates is a nondominated solution and 

to quantify the performance benefits obtained compared to a 

literature benchmark. In other words, the proposed design 

approach does not aim for the generation of global optimum 

configurations for a selected design problem, but rather to the 

non-heuristic generation of TO-design candidates which are 

proven to out-perform state-of-the-art solutions.[8].  

 

Figure 2 Design approach for the heat and mass transfer 

intensification in TCS reactors 

GOVERNING EQUATIONS 
High-fidelity model 

The mass conservation for the vapour content in the TCM 

domain is described as: 

 𝜀
𝜕c

𝜕𝑡
+ 𝒖𝛻𝑐 + 𝐷𝛻2𝑐 = −γn𝑠�̇� (1) 

Where 𝜀 represents the bed porosity, c is the vapour molar 

concertation, u is the velocity field, γ is the stoichiometric 

coefficient, n𝑠 is the TCM molar density and �̇� represents the 

rate of the reaction advancement. Equation (1) is also adopted to 

describe the mass conservation in the FC domain, although here 

a null mass sink term, −γn𝑠�̇�=0, is imposed. The momentum 

conservation in the porous medium is described by the Darcy 

law:  

 𝐮 = −
𝐾

𝜇
𝛻𝑝 (2) 

Cold humid

Air in

Flow channel (FC)

Hot dry

Air out
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Where K indicates the permeability,  𝜇 the dynamic viscosity 

and p the vapour pressure. An artificial KFC=1E-8 m2 is adopted 

in the FC domain to represent the nearly negligible mass transfer 

resistance compared to the porous TCM. The energy 

conservation is written within the porous domain as: 

 (𝜌𝑐𝑝)𝑒𝑓𝑓

𝜕T

𝜕𝑡
+ 𝜌𝑐𝑝𝒖 ∙ 𝛻𝑇 + 𝛻 ∙ (𝜆𝑒𝑓𝑓𝛻𝑇)

= 𝑛𝑠�̇�∆𝐻 
(3) 

Where 𝜌 is the density, 𝑐𝑝 the specific heat, T the 

temperature, 𝜆 is the thermal conductivity and ∆𝐻 is the enthalpy 

of reaction. The subscript 𝑒𝑓𝑓 refers instead to the effective 

value calculated from the adopted TCM porosity value [2]. 

Finally, the reaction kinetics is expressed as: 

 �̇� = 𝑘𝑐𝑖𝑛 (1 − 𝛼) (1 −
𝑝𝑣,𝑒𝑞(𝑇)

𝑝𝑣

) (4) 

Where kcin is the reaction kinetics constant and 𝑝𝑣,𝑒𝑞(𝑇) is the 

equilibrium pressure, which is assumed to follow the Clausius-

Clapeyron relationship [2]. The vapour pressure is instead 

calculated from the molar concentration assuming vapour as an 

ideal gas: 𝑝𝑣 = 𝑐𝑅𝑔𝑎𝑠𝑇.The reactor is assumed to operate with 

an inlet temperature Tin = 25 °C and inlet vapour pressure of pv,in 

= 997.5 Pa [2]. Besides, a pressure drop ∆p=1000 Pa is imposed 

between the inlet and outlet interfaces.  

The reactor energy density, E, at a desired time, td, is adopted 

as performance metric for the selection of the most performing 

design: 

 𝐸 = ∫ ∫ 𝑛𝑠�̇�∆𝐻
Ω𝑇𝐶𝑀 ∩ Ω𝐹𝐶

𝑡𝑑

0

 (5) 

With td set at 200 h in the current investigation. The high-

fidelity model is validated against the experimental data 

presented by Michel et al. [2]. Here, a parallelepiped 

configuration with a 7.5 cm thickness was tested under realistic 

mid-season operating conditions. Figure 3 shows the reaction 

advancement histories for the numerical and experimental data 

for three hydration cycles. A maximum mismatch below 3% is 

achieved, demonstrating good reliability for the high-fidelity 

predictions. 

 
Figure 3 Model validation against the data presented by Michel 

et al. [2]. 

Low-fidelity model 

The aim of the flow channel design is to effectively distribute 

reactants in the porous region so that the TCM hydration can take 

place. To such an extent, a low-fidelity model is constructed 

describing an isothermal reactor in steady-state conditions. In the 

framework of the low-fidelity model, a convective diffusive 

equation is adopted to predict the reactants concentration 

distribution, while the Darcy law is adopted to describe the 

momentum conservation in the ground domain (Ω𝐷 =
Ω𝑇𝐶𝑀  U Ω𝐹𝐶): 

 𝛻 ∙ 𝐮 = 0 (6) 

 𝐮 = −
1

𝛼𝑏(𝑠) 
𝛻 ∙p (7) 

 𝐮𝛻𝑐 = 𝐷𝛻2𝑐 − �̇�(𝑠)(
𝑝𝑣 − 𝑝𝑣,𝑒𝑞

𝑝𝑣,𝑖𝑛

) (8) 

Where s is the design variable adopted to describe the 

material distribution, while 𝛼𝑏(𝑠) and �̇�𝐿𝐹(𝑠) are the design-

dependent inverse permeability and mass sink terms, 

respectively. The material interpolation strategies are formulated 

in such a way to recover the material properties in ΩTCM and ΩFC 

in the following way: 

 𝑠 = {
0 𝑖𝑛 Ω𝑇𝐶𝑀

1 𝑖𝑛 Ω𝐹𝐶
 (9) 

Further details on the adopted interpolation scheme will be 

provided in the next section. Figure 4 shows the ground domain 

adopted for the generation of the optimal designs, with the 

parameter L fixed as 5 cm in the current investigation. A 

quadrilateral mesh is adopted in the low-fidelity framework, with 

an element size equal to L/5, while a triangular mesh with a 

minimum element size equal to 1E-4 is selected to predict the 

performance of the reconstructed designs by means of the high-

fidelity framework. Null pressure is prescribed at the outlet 

interface, Γout, while a 1000 Pa relative pressure with a pvin partial 

vapour pressure is imposed at the inlet interface Γin. Null fluxes 

are imposed at the wall and symmetry interfaces, Γout and Γs. 

 
Figure 4 Ground domain for the low-fidelity model 

TOPOLOGY OPTIMIZATION FORMULATION 
The considered optimization problem is the maximization of 

the reaction rate by finding the optimal FC layout. We, therefore, 

introduce the following objective function: 

 

L

5*L

10*L

y

x
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 {
𝑚𝑖𝑛   ∫ −�̇�(𝑠) (

𝑝𝑣 − 𝑝𝑣,𝑒𝑞

𝑝𝑣,𝑖𝑛

)
Ω𝑇𝐶𝑀 ∩ Ω𝐹𝐶

0 ≤ 𝑠 ≤ 1

 
(10) 

While the generation of designs completely filled with TCM 

would lead to poor mass transfer performance, the use of purely 

FC in the design domain would entail a null reaction rate. As a 

consequence, no volume constraints are needed for the 

generation of optimal designs.  

To perform TO, the density-approach method is adopted. 

Here, a fictitious porous material is introduced to continuously 

interpolate the design-dependent material properties. We refer to 

the design variable as s and we define the design-dependent body 

force and reaction rate term as follows: 

 𝛼𝑏(𝑠) = 𝛼𝑏,𝑚𝑎𝑥 + (𝛼𝑏,𝑚𝑖𝑛 − 𝛼𝑏,𝑚𝑎𝑥)
𝑠(1 + 𝑞)

𝑠 + 𝑞
 (11) 

 �̇�(𝑠) = �̇�𝐿𝐹  (1 − 𝑠) (12) 

With q=0.1 representing the convexity of the interpolation 

scheme. The term 𝛼𝑏,𝑚𝑖𝑛 represents the body force in Ω𝐹𝐶  and it 

assumes the value 𝛼𝑏,𝑚𝑖𝑛= 𝐾𝐹𝐶/𝜇. 

Seeding parameters are incorporated in the low-fidelity 

model for the generation of multiple layouts to be tested in the 

high-fidelity framework. Besides, the seeding parameters 

adopted in this work are selected so that they can represent the 

physical properties of the targeted design case. Specifically, the 

terms 𝛼𝑏,𝑚𝑎𝑥  and �̇�𝐿𝐹 are adopted. The former is assumed as the 

ratio of the TCM permeability and the air dynamic viscosity, 

𝛼𝑏,𝑚𝑎𝑥= 𝐾𝐿𝐹/𝜇. Given the TCM permeability value variation 

with the salt hydration level, two different 𝐾𝐿𝐹 values are 

considered in agreement with the de-hydrated and hydrated salt 

permeability. Concerning the �̇�𝐿𝐹 , this can be thought of as the 

product of: 

 �̇�𝐿𝐹 =
𝑘𝑐𝑖𝑛γ n𝑠

𝜀
(1 − 𝛼) (13) 

In agreement with the mass sink term expressed in equation 

(3) for the HF model. Thus, the term �̇�𝐿𝐹 represents the mass 

sink constant for the constructed pseudo model and its numerical 

values can be directly derived from physical parameters. Again, 

two values are derived accounting for different salt hydration 

levels. A first value is derived assuming 𝛼 = 0, while the second 

seeding parameter level is derived for 𝛼 = 0.9, as the assumption 

of a fully hydrated salt will result in null �̇�𝐿𝐹. Finally, the 

selected seeding parameter values are reported in Table 1. The 

sub-optimal designs will be generated by combining the selected 

values so that a total of four designs are obtained. 

Table 1 Values for the selected seeding parameters  

Seeding parameter Units Level 1 Level 2 

�̇�𝐿𝐹 [mol/m3/s] 0.3 0.1 

𝐾𝐿𝐹 [m2] 1E-10 5E-12 

Filtering and regularization techniques are adopted to ensure 

the mesh-independence and avoid the checkboard effects in the 

emerging designs. The linear filter presented in [10] was 

considered, with a filtering radius equal to  
L/5*1.1 and a steepness projection parameter β=5.  The 

smoothing of the design variable was adjusted by the hyperbolic 

tangent projection operator (η=0.5). The GCMMA is used as 

optimization routine to update the control variable, with a 

number of optimization iterations set at 200. Finally, the TO-

based designs are reconstructed considering a cut-off parameter 

s*=0.5. 

RESULTS AND DISCUSSION 
The topology-optimized candidates obtained through the 

low-fidelity model are depicted in Figure 5. Interestingly, for 

most of the generated designs, no flow channels directly 

connecting inlet and outlet interfaces are obtained, but rather 

‘tentacular‘ configurations emerged. In such a way, the optimal 

flow channel design allows for effective transport of the moist 

air to TCM regions in the reactor, with the moist air crossing 

such regions prior to exiting the reactor. This is a unique result 

compared to the existing literature on the optimal FC designs of 

energy devices and derives from the relatively small mass 

transfer resistance characterizing the TCM regions. In fact, for 

design cases presenting stronger mass transfer resistance in the 

second distributed material, FC networks connecting inlet and 

outlet interfaces are typically observed [6,7].  

Thicker channels are obtained in case of increased pseudo-

TCM permeability, i.e. larger KLF. This makes intuitive sense, as 

the larger permeability entails lower mass transfer resistance, 

with the moist air able to cross thicker TCM regions in case of a 

fixed pressure drop. Besides, the FC thickness also increases in 

the case of larger pseudo constant mass sink terms. In fact, larger 

�̇�𝐿𝐹 values entail higher rates at which water vapour is 

consumed, ultimately precluding the vapour transport in thick 

TCM regions.  

 

Figure 5 Reconstructed designs from the topology optimization 

of the low-fidelity model. 

As a result, relatively small TCM content is obtained design-

D, while a large TCM over reactor volume ratio is achieved in 
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the instance of design-A. Please note that volume constraints 

could be included in the TO algorithm for the generation of the 

sub-optimal designs in case targeted TCM over reactor volume 

ratios are required.  

Comparison with literature benchmark 

The generated designs are compared in this section with the 

reactor configuration proposed by Chen et al. [8]. Here, a 

serpentine FC design was employed to distribute moist air in 

rectangular TCM domains.  

Firstly, the benefit led by the proposed design approach is 

evaluated by the comparison of the reactor energy density history 

in Figure 6. Concerning the energy discharged at time t=td, all 

the proposed designs are predicted to out-perform the selected 

literature benchmark. In particular, an increase in the amount of 

discharged energy up to +61% is obtained by the use of Design-

B. The same design is also found as the most performing design 

for most of the simulated discharging time. However, if large 

discharge times are considered, e.g. t = 300 h, Design-A is 

predicted as the most suitable design. This is mainly due to the 

lower volume dedicated to the FC in the reactor, which 

ultimately increases the amount of storage material. In 

alternative, a volume constraint for the amount of FC in the 

ground domain could be considered for the generation of the TO-

based candidates. The results also indicate that the most 

performing design depends on the selected discharge time. 

Nonetheless, suitable designs can be obtained by the variation of 

the seedings parameters.  

Figure 6 also reports the temperature lift in the TCS reactor 

(Figure 6 (b)). Interestingly, the larger temperature lift is 

predicted in the instance of design-A, but only a mild 

enhancement compared to the benchmark is observed. The use 

of design-C and design-D is instead predicted to lead to poor 

temperature lift. This is due to the efficient FC design in such 

reactors, which ultimately provides efficient cooling of the 

deposited TCM. This is also confirmed by the analysis of the 

reactor power output, P, histories, depicted in Figure 6 (c). Such 

figure of merit is calculated as the product 𝑃 = �̇�𝑎𝑖𝑟𝑐𝑝,𝑎𝑖𝑟∆𝑇. A 

more steady history is predicted in the instance of the benchmark 

design, as was also suggested by the more linear energy 

discharge trend of Figure 6 (a). The topology-optimized 

candidates all present a pronounced peak of power output during 

the initial steps of the hydration process. Such behaviour derives 

from the large velocity field values characterizing all the 

generated designs compared to the benchmark, with up to 10 

times increase in the predicted outlet velocity. The largest peak 

of power output value pertains again to the use of design-B, 

which is found to provide a performance enhancement of 

+216.0%. As a result, the proposed optimization approach can 

also be adopted to generate high-power density reactors. That is 

also, the tentacular geometrical features observed in Figure 5 are 

advised for such an aim. On the other hand, alternative design 

paths must be followed in design cases pursuing a high power 

output steadiness, [11].  

 
(a) 

 
(b) 

 
(c) 

Figure 6 Global performance histories comparison for the 

topology-optimized candidates and benchmark design: (a) 

Reactor energy density; (b) temperature lift; (c) Power output. 

Figure 7 shows the reaction advancement contours evolution 

in time for the benchmark design and for the most performing 

design, i.e. design-B. The TCM location in the benchmark design 

allows for good utilization of the first TCM blocks, but a poor or 

null utilization is achieved for the blocks near the outlet interface 

as a consequence of the poor mass transfer achieved in these 

regions. On the other hand, the generated FC geometry in design-

B allows for a fairly homogeneous reaction advancement 

distribution, in particular in the proximity of the ‘tentacular’ 

geometry elongating from the inlet interface. However, a poor 

material utilization is still achieved for the TCM regions at the 
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top of the reactor, which are thus found to react in longer times, 

t>td. It is likely that superior performance could be achieved by 

optimization approaches accounting for the full physics 

interpretation and for time-dependent analysis. Nonetheless, if 

the obtained designs are considered to perform in an 

unsatisfactory way, the range for the seedings parameters values 

can be varied. 

 

Figure 7 reaction advancement for the benchmark and selected 

sub-optimal design. 

CONCLUSIONS 
From the results presented in this work, the following main 

conclusions can be derived: 

• An affordable and thorough design approach for 

the non-heuristic configuration of open-system 

TCS reactors is presented. The generated designs 

present tentacular flow channels that effectively 

distribute gas reactants in the porous TCM. 

• The performance designs are evaluated by means 

of a high-fidelity framework and enhancement of 

+61% in discharged energy and up to +216.0% in 

the peak of power output is achieved  

• New enhancement pathways for open-system TCS 

reactors are established. Tentacular flow channels 

elongating in the reactive bed are demonstrated to 

enhance the reactor performance 

Ultimately, the results and design framework presented can 

largely impact the development of open-system TCS devices.  
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ABSTRACT 
Flow assurance is one of the major techniques employed in 

offshore and ultra-deep waters to ensure a successful flow of 

hydrocarbons from the reservoir to the point of sale. One of the 

methods involved in ensuring the smooth flow of hydrocarbon 

includes pipe-in-pipe assembly, pipe insulation, and chemical 

inhibitors. A functional graded hollow cylinder (FGHC), whose 

material properties change continuously along one- or multi- 

spatial direction, has been proposed to substitute for the 

laminate pipe-insulation assembly. Numerical analysis of 

conjugate heat transfer of laminar flow in an FGHC made of 

metal/ceramic is done in a two-dimensional wall with fluid 

axial conduction. The continuity, the momentum, and the 

energy equations are discretized using the finite volume 

approach. The upwind scheme is used for the analyses of the 

momentum equations, and the collocated grid arrangement is 

used for the analysis of the problem. The effects of 

dimensionless parameters such as volume fraction index, wall-

to-fluid thermal conductivity ratio, Biot number, Peclet number, 

and Prandtl number are investigated on the heat transfer 

profile in FGHC. The results show that the heat transfer 

variation is not linear through the thickness due to the material 

properties' nonhomogeneity. The volume fraction index 

significantly affects the other parameters and the heat flux 

along the thickness. 

Keywords: Functionally graded hollow cylinder, finite volume 

method, conjugate heat transfer, Peclet number, Biot number 

NOMENCLATURE 
𝐵𝑖 [−] Biot number 

𝑑′ [−] dimensionless pipe wall thickness 

ℎ0 [W/Km2] convective heat transfer coefficient 

k [W/Km]  thermal conductive  

n[−] volume fraction index 

𝑃 [N/m2]  pressure 

Pe [−] Peclet number 

Pr [−] Prandtl number 

𝑃′ [−] dimensionless pressure 

r [m] radial coordinate

𝑟𝑖 [m] wall inner radius

𝑟0 [m] wall outer radius

R [−] dimensionless radial coordinate

𝑅𝑒 [−] Reynold number 

t [m] time

𝑡′ [−] dimensionless time

T  [K] temperature

𝑇′ [−] dimensionless temperature

𝑇𝑂 [K] initial temperature of the system

𝑇∞ [K] ambient temperature

u [m/s] axial velocity

𝑢𝑖𝑛 [m/s] uniform inlet velocity

U [−] dimensionless axial velocity

v [m/s] radial velocity

V [−] dimensionless radial velocity

𝑉𝑐𝑜𝑚[−] Volumetric composition

X [−] dimensionless variable

z [m] axial coordinate

Z [−] dimensionless axial coordinate

Greek Symbol 

𝛼 [m2/𝑠] thermal diffusivity 

𝜌 [kg/𝑚3] density 

𝜇 [kg/ms]  dynamic viscosity 

𝑣 [−] volume fraction  

Subscripts 

𝑐 ceramic 

𝑐𝑓 ceramic to fluid side 

f fluid 

𝑚 metal 

𝑚𝑓 metal to fluid side 

w wall 

𝑤𝑓 wall-to-fluid ratio 

1. INTRODUCTION
Deep and ultra-deep offshore structures, aerospace, computer

circuits, nuclear power, and process and manufacturing plants

have been battling the increasing need to combat extreme

temperatures. Materials are expected to withstand thermal

stresses, be corrosion-resistant, tough, malleable, increased

strength-to-weight ratio, impact resistance, high fatigue

strength, and crack resistance. The use of laminated composites

has been largely inadequate due to the thermal stresses, stress
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concentration, etc. Functionally graded material (FGM) with 

two or more materials whose constitution varies gradually over 

the volume resulting in corresponding changes in the properties 

of the materials, has been found suitable for adverse conditions. 

Many applications involve fluid flow through hollow cylinders 

at elevated temperatures, which cannot be assumed as a heat 

conduction problem but conjugate heat transfer. 

However, conjugate heat transfer couples thermal interaction 

between the solid with fluid flow. A good understanding of the 

phenomenon of heat transfer at the fluid-solid interface will 

give a better understanding of how to increase or reduce the 

heat transfer coefficient in the structure. 

Transient conjugated heat transfer for thermally developing 

laminar flow in thick-walled pipes is analyzed by involving the 

two-dimensional wall and axial fluid conduction. For high Ω, 

heat flux values increase to a maximum and decrease in the 

early transient. With increasing angular frequency, these 

maximums increase first and then decrease, but the amplitude 

of variation decreases continuously [1]. 

Darici et al.  [2] investigated an unsteady, conjugated heat 

transfer problem in thick-walled pipes and minipipes with 

simultaneously developing laminar flows. They found out  that 

conjugation increase with the pipe wall thickness and decreases 

with Peclet number, Biot number, wall-to-fluid thermal 

diffusivity, and wall-to-fluid thermal conductivity ratio 

Conjugate heat transfer in laminar tube flow with convective 

boundary conditions is considered analytically. The steady-state 

problem involving the two-dimensional wall and axial fluid 

conduction was solved using the separation of variables for a 

thick-walled cylindrical pipe [3]. 

The multi-layered approximate method based on the theory of 

laminated composites was employed to analyze a transient 

functionally graded circular hollow cylinder with finite length 

[4].  

The finite element method was used to study in a two-

dimensional functionally graded cylinder with finite length 

under transient thermal loading [5]. 

Shakeri et al. [6] presented the analytical solution for transient 

heat conduction of functionally graded thick hollow cylinders 

in axisymmetry conditions.  

Fadipe et al. [7] studied the transient solution of the 

temperature field of conjugate laminar force convection heat 

transfer in the functionally graded hollow cylinder. The effects 

of various flow conditions, material properties, and operational 

and geometrical parameters were investigated in the 

temperature field.  

The previous study did not consider the heat flux in the 

conjugate heat transfer FGHC. Therefore, this paper studies the 

effects of the volume fraction index, wall-to-fluid thermal 

conductivity ratio, Biot number, Peclet number, and Prandtl 

number on the heat field in the metal/ ceramic FGHC.  

 

2. METHODOLOGY 
The schematic chart of the single territorial FGHC and the 

direction framework is displayed in Figure 1. The FGHC 

comprises two materials (metal-ceramic). It Investigates a fluid 

with temperature T0 in creating a stream with uniform speed uin 

streaming into an FGHC of limited length L, an inner diameter 

of di, and thickness of (r0 – ri). It is encircled by ambient 

temperature, 𝑇∞ which is the underlying temperature of the 

design. The temperature of the fluid at section is T0 and 

uniform, and the states of the design at z = 0 and L are assumed 

to be adiabatic. Heat is moved from the streaming fluid into the 

inward (metal) surface by convection, inside the FGHC 

medium by conduction, and to the surrounding by convection. 

 

The dimensionless forms of the governing equations are 

presented here 

 

For fluid flow 

Continuity equation 
𝜕𝑈

𝜕𝑍
+

1

𝑅

𝜕(𝑅𝑉)

𝜕𝑅
= 0      (1)   

 

Figure 1: The schematic diagram of the model  

 
𝑈𝜕(𝑈)

𝜕𝑍
+

𝑉𝜕(𝑈)

𝜕𝑅
= −

𝜕𝑃′

𝜕𝑍
+

2𝑃𝑟

𝑃𝑒
[

𝜕2𝑈

𝜕𝑍2 +
1

𝑅

𝜕

𝜕𝑅
(𝑅

𝜕𝑈

𝜕𝑅
)](2) 

𝑈𝜕(𝑉)

𝜕𝑍
+

𝑉𝜕(𝑉)

𝜕𝑅
= −

𝜕𝑃′

𝜕𝑅
+

2𝑃𝑟

𝑃𝑒
[

𝜕2𝑈

𝜕𝑍2 +
1

𝑅

𝜕

𝜕𝑅
(𝑅

𝜕𝑈

𝜕𝑅
) −

𝑉

𝑅2] 

      (3) 

Boundary condition  

𝑍 = 0 , 𝑈 =  1 , 𝑉 = 0      (4a)         

𝑍 = ∞ ,
 𝜕𝑈

𝜕𝑍
=  0 , 𝑉 = 0     (4b)          

𝑅 = 0 ,
 𝜕𝑈

𝜕𝑍
=  0 , 𝑉 = 0   (4c)      

𝑅 = 1 , 𝑈 =  0 , 𝑉 = 0   (4d)    

 

Energy equation 

2

𝑃𝑒

𝜕𝑇𝑓
′

𝜕𝑡′ + 𝑈
𝜕𝑇𝑓

′

𝜕𝑍
+ 𝑉

𝜕𝑇𝑓
′

𝜕𝑅
=

2

𝑃𝑒
(

𝜕2𝑇𝑓
′

𝜕𝑍2 +
1

𝑅

𝑑

𝜕𝑅 
(𝑅

𝜕𝑇𝑓
′

𝜕𝑅
)) 

      (5) 

𝑡′ = 0, 𝑇𝑓
′ = 1    (6a) 

      

𝑍 = 0, 𝑇𝑓
′ = 1    (6b) 

𝑍 = ∞,
𝜕𝑇𝑓

′

𝜕𝑅
= 0, (𝑇𝑓

′ = 1 𝑎𝑡 𝑠𝑡𝑒𝑎𝑑𝑦 𝑠𝑡𝑎𝑡𝑒)  (6c) 

𝑅 = 0,
𝜕𝑇𝑓

′

𝜕𝑅
= 0    (6d) 

𝑅 = 1, 𝑇𝑓
′ = 𝑇𝑤

′    (6e) 

𝑅 = 1,
𝜕𝑇𝑓

′

𝜕𝑅
= 𝑘𝑚𝑓

𝜕𝑇𝑤
′

𝜕𝑅
   (6f) 
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For Solid  

Energy equation 
𝜕𝑇𝑤

′

𝜕𝑡′ =
𝜕2𝑇𝑤

′ 𝛼𝑤𝑓(𝑅)

𝜕𝑍2 +
1

𝑅

𝑑

𝜕𝑅 
(𝑅

𝜕𝑇𝑤
′ 𝛼𝑤𝑓(𝑅)

𝜕𝑅
)  (7) 

Initial and boundary conditions are:  

𝑡′ = 0, 𝑇𝑤
′ = 1    (8a) 

𝑍 = 0,
𝜕𝑇𝑤

′

𝜕𝑅
= 0    (8b) 

𝑍 = ∞ ,
𝜕𝑇𝑤

′

𝜕𝑅
= 0     (8c) 

𝑅 = 1, 𝑇𝑤
′ = 𝑇𝑓

′    (8d) 

𝑅 = 1,
𝜕𝑇𝑤

′

𝜕𝑅
=

1

𝑘𝑚𝑓

𝜕𝑇𝑓
′

𝜕𝑅
   (8e) 

𝑅 = 1 + 𝑑′,
𝑑𝑇𝑤

′

𝑑𝑅
+ 𝐵𝑖𝑇𝑤

′ = 0   (8f) 

 

The law of mixtures derived based on the assumption that a 

granular phase is embedded in a matrix phase is applied to 

describe the variations of material properties in the FG circular 

hollow cylinder [8, 9]. 

 

The thermal diffusivity can be expressed as   

∝𝑤𝑓 (𝑅) =
∝𝑚𝑣𝑚(𝑅)+∝𝑐𝑣𝑐(𝑅)

∝𝑓
   (9a) 

∝𝑤𝑓 (𝑅) =∝𝑚𝑓 𝑣𝑚(𝑅) +∝𝑐𝑓 𝑣𝑐(𝑅)  (9b) 

𝑣𝑚(𝑅) + 𝑣𝑐(𝑅) = 1    (10) 

𝑣𝑚(𝑅) = 1 − 𝑣𝑐(𝑅)    (11a) 

∝𝑤𝑓 (𝑅) =∝𝑚𝑓 (1 − 𝑣𝑐(𝑅)) +∝𝑐𝑓 𝑣𝑐(𝑅) (11b) 

∝𝑤𝑓 (𝑅) =∝𝑚𝑓−∝𝑚𝑓 𝑣𝑐(𝑅) +∝𝑐𝑓 𝑣𝑐(𝑅) (11c) 

∝𝑤𝑓 (𝑅) = 𝑣𝑐(𝑅)(∝𝑐𝑓−∝𝑚𝑓) +∝𝑚𝑓  (12) 

𝑣𝑐(𝑅) = [
𝑅−1

𝑑′ ]
𝑛

    (13) 

Also, 

𝑘𝑤𝑓(𝑅) = 𝑣𝑐(𝑅)(𝑘𝑐𝑓 − 𝑘𝑚𝑓) + 𝑘𝑚𝑓  (14) 

 

Where the non-dimensional parameters are 

𝑈 =
𝑢

𝑢𝑖𝑛
, 𝑉 =

𝑣

𝑢𝑖𝑛
,        𝑍 =

𝑧

𝑟𝑖
,         𝑅 =

𝑟

𝑟𝑖
, 𝑃′ =

𝑃

𝜌𝑓𝑢𝑖𝑛
2 𝑇′ =

𝑇−𝑇∞

𝑇0−𝑇∞
, 𝑡′ =

𝑡𝛼𝑓

𝑟𝑖
2 , ∝𝑚𝑓=

∝𝑚

∝𝑓
, ∝𝑐𝑓=

∝𝑐

∝𝑓
 

𝑃𝑟 =
𝜐𝑓

𝛼𝑓
, 𝑃𝑒 =

2𝑢𝑖𝑛𝑟𝑖

𝛼𝑓
, 𝑅𝑒 =

𝑃𝑒

𝑃𝑟
=

2𝜌𝑓𝑢𝑟𝑖

𝜇𝑓
,𝑑′ =

𝑟0−𝑟𝑖

𝑟𝑖
  

𝐵𝑖 =
ℎ0𝑟𝑖

𝑘𝑐
, X =

𝑍

𝑃𝑒
 

 

3. MODEL VALIDATION 
For the authentication of the MATLAB code used, the current 

study was validated with the work of Darici et al. [2]for n = 1, 

which analyzed the interfacial heat between the boundary of the 

fluid and the functional graded hollow cylinder. In Figure 2, a 

comparison is made of the transient axial distribution interfacial 

heat flux with Darici et al.[2] at time t=0.5923. At the t= 

0.5923, the fluid approaches a fully developed laminar flow. As 

shown in the graph, the results in comparison are in good 

agreement. 

 

 
Figure 2:  Comparison of the transient axial distribution 

interfacial heat flux with Darici et al.[2] at time 0.5923.  

 

 

 

 
 
Figure 3:  Comparison of the transient axial distribution 

interfacial heat flux with Darici et al. [2] at all time histories. 

 
As shown in Figure 3, the transient axial interfacial heat flux 

starts from zero for all the various time values. There was a 

slight difference in the value gotten from the MATLAB code. 

Darici et al. [2] result at the initial time step of 0.0036 because, 

at this time, the program is yet to converge, but as the time 

values increase up to the maximum value of 2.9981, the results 

are almost similar to Darici et al. [2]because convergence has 

been reached.  
 

4. RESULTS AND DISCUSSION 
Presented below are the results of the study of the effect of 

various dimensionless parameters such as volume fraction 

index n, Biot number Bi, Peclet number Pe, Prandtl number Pr, 

and wall-to-fluid thermal conductivity ratio 𝑘𝑚𝑓 on the heat 

flux distribution in the FGHC. The study was carried out for n 

= 0.1-5, 𝑡′ = 0.036 and 5, 𝑘𝑚𝑓= 0.5-10, ∝𝑚𝑓 =1.1, ∝𝑐𝑓 =0.6, Bi 

= 0.5-10, Pe = 5-20, Pr = 0.001-0.5, and 𝑑′=0.3. 

As shown in Figure 4, the transient radial distribution of heat 

flux for 𝑡′= 0.0036 and z = 3.5, the temperature gradient is 

higher at the inner radius of the wall and decreases towards the 

outer radius. The heat flux graph is a decaying curve, and the 

heat flux value increases with a higher value of the volumetric 
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index.  The fluid heat is conducted away by the metal side of 

the FGHC and results in more heat transfers from the fluid to 

the wall. As the heat is transferred towards the middle of the 

wall, the effect of the ceramic becomes significant, resulting in 

lower heat transfer. 

In Figure 5, the volumetric index effect in the radial 

direction for 𝑡′ = 5 shows that the heat flux is not the standard 

decay curve. The temperature gradient is small at the inner 

radius of the wall but increases to the outer radius, where it 

becomes very large due to convection from the outer surface. 

 
 
 
 
 

Figure 4:  transient radial distribution of heat flux𝑡′= 0.0036 

and z=3.5. 

 

 

 
 

Figure 5:  transient radial distribution of heat flux at 𝑡′= 5 and 

z= 3.5  

 

 The heat flux value decreases with increasing volumetric index 

n. The effect of the variation in the metal composition is more 

significant at a lower volumetric index; for example, for n = 

0.5, the temperature gradient is higher than for n = 2 and 5. The 

difference in the heat flux is very distinct at the inner wall of 

the FGHC while it becomes very small towards the outer 

radius. For example, the heat flux for n = 2 and 5 are very 

similar but distinct for n = 0.5.  

The transient radial distribution of heat flux for various Biot 

numbers at 𝑡′ = 5 and z= 3.5 is presented in Figure 6. A higher 

value of the Biot number results in more heat transfer to the 

surroundings and leads to a decrease in the temperature of the 

medium. The higher the Biot number, the lower the value of the 

 

 
 

Figure 6:  transient radial distribution of heat flux for various 

Biot numbers at 𝑡′ = 5, z= 3.5, and n = 5  

 

Figure 7:  transient radial distribution of heat flux for various 

Prandtl numbers at 𝑡′= 5z= 3.5, and n = 5. 

 

interfacial heat flux. The effect of the volumetric index is more 

noticeable in the lower Biot number. For Biot numbers of 5 and 

10, the heat flux slightly varies as a linear slope up to the wall's 

midpoint and reverses afterward.  

In Figure 7, the heat flux distribution decreases with an increase 

in the Prandtl number. The result is similar to what is 

obtainable in Figure 5. The material distribution profile is 

significantly affected by the volume fraction power exponent.  
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Figure 8 shows that the larger the Peclet number, the lower the 

heat flux across the medium. The effect of the volume 

fraction index becomes more noticeable as the Peclet 

number decreases.  
The transient radial distribution of heat flux for wall to fluid 

thermal conductivity ratio for 𝑡′= 5 and z= 1.24 is shown in 

Figure 9. A significant value of the wall-to-fluid thermal 

conductivity ratio means that the thermal conductivity of the 

wall is higher than the thermal conductivity of the fluid, and 

more substantial heat is conducted at this interface through the 

material; therefore, a higher temperature drop occurs. The 

higher the wall-to-fluid thermal conductivity, the higher the 

heat flux and the more significant the volume fraction index. It 

can also be seen that the effect of the wall-to-fluid thermal 

conductivity on the heat flux reduces as it increases. 

 

 
Figure 8:  transient radial distribution of heat flux for various 

Peclet numbers at 𝑡′ = 5, z= 3.5, and n = 5. 

Figure 9:transient radial distribution of heat flux for wall to 

fluid thermal conductivity ratio𝑡′= 5, z= 3.5, and n = 5. 

 

 

5. CONCLUSION 
This study numerically investigated the transient conjugate heat 

transfer of a laminar flow through an FGHC made of metal-

ceramics. Heat energy is transferred radially through the wall to 

the environment as the bulk fluid is transported axially along 

the pipe. The study was done in a two-dimensional coordinate 

system; the wall axial and radial conduction and fluid 

conduction were considered. The heat transfer across the 

thickness of the FGHC is significantly influenced by the 

volume fraction index n, Biot number Bi, Peclet number Pe, 

Prandtl number Pr, and the ratio of the wall-to-fluid thermal 

conductivity kmf. The results show that at 𝑡′= 5, an increase in 

the volume fraction index, Bi, Pe, Pr reduces the interfacial heat 

flux while the contrary occurs with an increase in kmf. The 

impact of the volume fraction index is more significant toward 

the outer radius for 𝑡′= 5 but for 𝑡′= 0.0036, it is more 

significant towards the inner radius. 

. 
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ABSTRACT
Turbulence enhancement in a heated downward supercriti-

cal CO2 flow is simulated using Direct Numerical Simulation
and subsequently analysed using the apparent Reynolds num-
ber approach[1]. Based on this, the flow is decomposed into a
reference iso-thermal flow of equivalent-pressure-gradient and a
perturbation flow. Turbulence enhancement is thus shown to be
directly related to the increase of the apparent Reynolds number.
Furthermore, the velocity profile and turbulent shear stress can
be readily predicted by knowing the equivalent-pressure-gradient
flow and total non-linear body force distribution, which drives
the perturbation flow.

INTRODUCTION
Mixed convection flows when compared to their forced con-

vection counterparts, can exhibit significant heat transfer en-
hancement or deterioration. It is generally accepted that these
modifications to the heat transfer are primarily due to buoyancy.
Early investigators such as Hall and Jackson[2] reasoned that it
was through the modification of the shear stress distribution that
buoyancy affected turbulence production. Mixed convection su-
percritical fluid flows introduce further complexity to the turbu-
lence dynamics due to the strong property variation close to the
critical temperature point.

Petukhov et al.[3] broke down the effect of buoyancy into two
main mechanisms, which are the structural effect and external
effect. In the structural effect mechanism, turbulence production
is directly affected by the density and velocity fluctuations. The
external effect refers to how changes in the mean velocity pro-
file would affect turbulence production. Bae et al.[4] used DNS
to study the turbulence dynamics in supercritical CO2. Their re-
sults revealed that the indirect effect tended to dominate. How-
ever, for the upward flow cases at the point of full laminarisation,
the turbulent kinetic energy production was at a minimum, while
buoyancy production was at a maximum. Peeters et al.[5] used
DNS to study fully developed flows in an annular channel with
a heated outer wall and cooled inner wall. Their aim was to in-
vestigate how property variation affected the flow field and turbu-
lence dynamics. Changes of the turbulent shear stress close to the

NOMENCLATURE

Fr [-] Froude number
ft [-] Total non-linear body force
f 1a [-] Non linear buoyancy term
f 1b [-] Non-linear viscosity term
f 1c [-] None linear density term
f 2 [-] Total inertia term
f 2u [-] Linear inertia ( f 2(r = 0))
f 2n [-] Non-linear inertia ( f 2− f 2u)
p [-] Pressure gradient
P [-] Modified pressure gradient
R [m] Radius
Re [-] Reynolds number
T [◦C] Temperature
u,v,w [-] velocity components normalised by inlet velocity
x [-] Cartesian direction (spanwise) normalised by radius
y [-] Cartesian direction (wall normal) normalised by radius
z [-] Cartesian direction (streamwise) normalised by radius

Special characters
µ [-] Dynamic viscosity normalised by inlet value
ν [-] Kinematic viscosity normalised by inlet value
ρ [-] Density normalised by inlet value
τ∗ [kgm−1s−2] Wall shear stress

Subscripts
f Perturbed flow
w Wall
p Base flow
0 Inlet

hot and cooled wall were to some degree attributed to the mean
dynamic viscosity and density stratification. Fluctuations in the
properties were also found to significantly affect the development
of streaks. He et al.[6] similary used DNS to study the effect of
thermophysical property variation on the complex phenomena
observed in heated upward supercritical fluid flows. However,
their study differed from that by Peeters et al.[5] due to a focus on
the axial development of the flow. Developed isothermal flows
with imposed body force profiles of various amplitudes, shape
and coverage were simulated using DNS by He et al.[1]. It was
shown that the idealised body force influenced flow could be de-
composed into an reference flow of equivalent-pressure-gradient
(epg) and a perturbation flow driven by the non-linear body force.
Key turbulence characteristics represented by the eddy viscosity
were found to be much the same between the reference epg and
body force influenced case. In a later study, He et al.[7] extended
the apparent Reynolds number approach to a heated upward de-
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veloping supercritical fluid flow. In the laminarising region, the
apparent Reynolds number approach was applied and the vari-
ous effects explained based on this. Flow inertia, and property
variations were accounted as pseudo body forces. Key to this
hypothesis was the proposition that buoyancy, inertia and prop-
erty variations did not affect the key turbulence characteristics
significantly when compared to the epg flow.

The purpose of this paper is to extend the apparent Reynolds
approach to downward flows, where turbulence enhancement is
occurring.

METHODOLOGY
DNS simulations are conducted using the in-house DNS

solver CHAPSim. The code has been developed over sev-
eral years and with contributions from multiple PhD and Post-
doctoral students. CHAPSim can use enthalpy dependent ther-
mophysical properties and a low mach number approximation to
treat variable density flows. The conservative non-dimensional
Navier-Stokes equations solved shown below are solved by
CHAPSim.

∂ρ

∂ t
+

∂ (ρu j)

∂x j
= 0 (1)

∂ (ρui)

∂ t
+

∂ (ρuiu j)

∂x j
=− ∂ p

∂xi
+

1
Re0

∂τi j

∂x j
± ρ

Fr2
0

(2)

∂ (ρh)
∂ t

+
∂ (ρhu j)

∂x j
=

1
Re0Pr0

∂

∂x j

(
λ

∂T
∂x j

)
(3)

Spatial discretisation is carried out using the second order
central difference scheme, while temporal advancement uses the
third order explicit Runge-Kutta scheme. The enthalpy depen-
dent thermophysical properties used in this study are obtained
from the NIST database[8]. Normalisation of the variables ap-
pearing in the governing equations is typically done by the inlet
values and the exact definitions can be found in the following
paper by He et al.[7]

The cases simulated are for supercritical CO2 at a pressure of
8.57 MPa, inlet temperature of 301.15K, buoyancy number of
1.124×10−5 and inlet Prandtl number 3.08. The inlet Reynolds
number based on the pipe diameter is 5234. A constant heat flux
of 30.87 kW is applied at the wall, and the cases are designed
such that the wall temperature exceeds the pseudo-critical tem-
perature while the core temperature remains below.

The geometry considered herein is that of a vertical pipe, and
the mesh size is 1024× 64× 128 in the streamwise, radial and
azimuthal directions, respectively. This mesh size is the same as
that used by Bae[4] and He et al.[7]. Statistics are computed after
the flow has reached a stationary state and over a period greater

than three through-flows. The statistics are averaged in time and
space (circumferentially).

Table 1. Table of the cases

Case Buoyancy Power (kW) Diameter (mm) Bo ×10−5

A aided
30.87 2 1.124

B opposed

CHAPSim has been validated for supercritical fluid flows by
comparing against the DNS data by Bae et al [4] and Nemati et
al[9] (who also reproduced cases from Bae et al [4]). Two cases
with strong buoyancy were selected for comparison of the three
DNS codes, and the predicted results were in good agreement[6].

RESULTS and DISCUSSION
Results are primarily presented for the downward flow case,

where buoyancy opposes the mean flow (case B). Data from the
upward flow case is presented only when necessary inorder to aid
the discussion.

Velocity profiles for the upward and downward cases are pre-
sented in Figure 1. The upward flow case initially shows a flat-
tening of the velocity profile. This is as the flow is accelerated
near the wall by buoyancy and reduced at the core to conserve
continuity. After a development length of ≈ z/R = 40.0, the flow
profile then transitions into an M-shape-like one, which is char-
acteristic of mixed convection flows. In contrast, for the down-
ward flow the behaviour is more stable. At all streamwise loca-
tions, the core velocity increases, and close to the wall the ve-
locity gradient also increases. The evolution and development of
the mean flow profiles are consistent with the observations from
Bae et. al.[4].

Turbulent shear stress profiles are given in Figure 2. Here
we note that the downward flow case exhibits an increase in the
turbulent shear stress with distance. It is interesting to note that
the largest relative increase in shear stress occurs (at z/R = 0 and
10), afterwards marginal increases are observed. The upward
flow case reveals a complicated response of the turbulent shear
stress, where initially it reduces with streamwise distance, then
recovers with negative shear stress values after z/R = 40.

Selected budget terms for the streamwise turbulent stress are
shown in Fig 3. Presently, only the terms for buoyancy produc-
tion, convection, and shear production are given. These terms
are particularly important as the present formulation of the ARN
approach is predicated on the indirect effect being the dominat-
ing term and equilibrium turbulence. Looking at Fig 3, we note
that indeed for the downward flow case the indirect effect (rep-
resented via shear production) is the leading term. Similarly, tur-
bulence is also observed to be largely in equilibrium.

Apparent Reynolds Number (ARN) approach
To start, we note again that in the ARN approach the flow is

decomposed into an epg and perturbed flow. These are formally
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(b) Downward case

Figure 1. Velocity profiles for (a) upward flow and (b) down-
ward flow

defined as written in Equations 4 and 5, respectively

−
(

∂P
∂ z

)
p
+

1
rRe0

[
∂

∂ r

(
r (ρpντ,p +µp)

∂up

∂ r

)]
= 0 (4)

1
rRe0

[
∂

∂ r

(
r (ρντ,p +µ)

∂u f

∂ r

)]
+ ft = 0 (5)

The variables with the subscript p relate to the epg flow and
those with subscript f are for the perturbation flow. (∂P/∂ z)p is
the modified pressure gradient, which is defined as (∂P/∂ z)p =

∂ p/∂ z+ ∂ρc/Fr2
0 + f 2u, where f 2u is the linear part of inertia.

In equation 4, ft is the total non-linear body force, which can be
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(b) Downward case

Figure 2. Turbulent shear stress profiles for (a) upward flow
and (b) downward flow.
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Figure 3. Streamwise stress budget terms for the downward
case extracted at z/R = 40. bp is the buoyancy production term,
p is the shear production term and c is the convection term.

formally defined as follows:

ft = f 1a + f 1b + f 1c + f 2n (6a)

f 1a =
1
r

1
Fr2

0

∫
r
r (ρ −ρc)dr (6b)

f 1b =
1
r

1
Re0

∫
r
r

∂

∂ r

(
r (µ −µc)

∂up

∂ r

)
dr (6c)

f 1c =
1
r

1
Re0

∫
r
r

∂

∂ r

(
r (ρ −ρc)νt p

∂up

∂ r

)
dr (6d)

f 2n = f 2− f 2u (6e)
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where f 2 is the total inertia and defined as −∂ (ρ ũzũz)/∂ z −
1/r (∂ (rρ ũrũz)/∂ r).

The non-linear pseudo(-body forces) have been mathemati-
cally defined and now we briefly describe their physical mean-
ing. Figure 4 has been included and shows how the distribution
of the pseudo(-body forces) at z/R = 40. f 1a (non-linear buoy-
ancy force) arises due to the effect of density variation (particu-
larly strong close to wall) under the influence of gravity. As seen
in Figure 4 this force is negative and strongest close to the wall.
Thus it has the effect of causing strong near wall deceleration.
f 1b (non-linear viscosity variation) is a force arising due to the
reduction of viscosity (heated flows) thus causing an acceleration
of the flow close to the wall. f 1c (non-linear density variation)
accounts for the effect density reduction on the Favre averaged
turbulent shear stress. The distribution of the aforementioned
terms is shown in Figure 4.
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Figure 4. Non-linear body forces plotted at z/R = 40 for the
Downward flow case

The total non-linear body force term is plotted in terms of y+

for both the upward and downward flow in Figures 5 (a) and (b).
Figure 5(c) shows the total non-linear body force plotted against
y for the downward case. In the instance of the upward flow,
the total non-linear body force is wholly positive with moder-
ately negative regions appearing after y+ > 10. The downward
flow case shows positive and negative regions below y+10. The
positive region is also observed to increase with downstream dis-
tance.

Integrating equations 4 and 5, we can define the total shear as
τ = −r/2(∂P/∂ z)p + 1/r

∫
r ftdr. Where −r/2(∂P/∂ z)p is the

linear part related to the epg flow. Figure 6 shows the variation
of total shear and the linear component. Here, we can note that
the strength of the linear component thus in turn the epg flow
increases with the streamwise direction.

Next in Figure 7, we compare the evolution of the wall
shear stress in the streamwise direction by comparing the fric-
tion Reynolds numbers Reτ and Reτ,p. In the formal defini-
tion (Reτ ), where τw = µ∂ ũz/∂ r, there is a drastic drop and the
value remains below that of the unheated section (i.e. Reτ =
180). Reτ,p that is the apparent Reynolds number, where τw,p =
−r/2(∂P/∂ z)p, shows an appreciable increase with downstream
distance reaching a peak of ≈ 270.
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(c) Downward case in y
Figure 5. Total non-linear body force plotted at different
streamwise locations. Sub-figure (a) and (b) are in y+ for both
cases. Sub-figure (c) is in y and for downward flow case.

Moving on, we assess the preposition that the turbulent vis-
cosity in a heated downward flow can be characterised by that of
its epg flow. Figures 8 and 9 compare turbulent viscosity profiles
normalised by y+ and y+1. The former uses the standard defini-
tion of friction velocity i.e. uτ =

√
τw/ρ and the latter is based

on the epg reference flow uτ =
√

τw,p/ρ . Here, we note that y+1

correlates the data better. Particularly at the initial phases of spa-
tial development where it is noted, there is a significant variation
when compared against the formal definition.

At this stage, the epg flow has been formally defined and
comparisons to turbulent viscosity have shown good correlation.
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Figure 8. Profiles for eddy viscosity in convectional scaling (νt
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Based on the approach, the body force influenced flow can be
predicted by knowing the total non-linear body force, and epg
flow. We recover the total non-linear body force from the DNS
simulation. While an isothermal reference case of equivalent
Reτ,p is simulated or interpolated using online databases. The
predictions obtained by summing these two flows are compared
against the body force influenced flow for turbulent shear stress
and velocity at z/R = 40. Figure 10 shows the comparisons. As
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Figure 9. Profiles for eddy viscosity in apparent Reynolds
number scaling (νt vs y+1)

can be seen the predictions are quite good and show that the ap-
parent Reynolds number theory can markedly capture the fea-
tures of turbulence enhancement.
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Figure 10. Turbulent shear stress and velocity predictions for
the downward supercritical fluid flow. Markers are predictions
and line from DNS

CONCLUSION
Turbulence enhancement in a buoyancy opposed supercritical

fluid flow has been investigated using DNS. Streamwise stress
budget terms have shown that the indirect effect is the dominant
mechanism through which buoyancy affects turbulence produc-
tion and furthermore turbulence is largely in equilibrium. Sub-
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sequently, the supercritical fluid flow has been decomposed into
a base flow of equivalent-pressure-gradient and a perturbed flow.
Where, the perturbed flow is driven by the non-linear (pseudo-)
body forces arising from inertia, buoyancy and property varia-
tion. Knowing this equivalent-pressure-gradient flow (in partic-
ular the turbulent viscosity, which can be interpolated from ref-
erence data) and the non-linear body force distribution (obtained
from DNS), the velocity field and turbulent shear stress of the
supercritical fluid flow has been predicted with good accuracy.
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ABSTRACT 
This paper focuses on boiling heat transfer during flow in 

a group of seven parallel minichannels. The test section was 
vertically oriented. There was downward flow of Fluorinert  
FC-72 during minichannels, each 1 mm deep and 6 mm wide. 
They have a common heated wall, while its surface in contact 
with the working fluid was smooth or enhanced. The heated plate 
surface enhancements were produced mechanically by various 
processes, such as laser texture, electromachining texture, and 
using emery papers. Studies were carried out during an increase 
in the heat flux supplied to the minichannel wall during steady-
state conditions. The infrared camera helps to measure the 
temperature of the outer wall surface. At the same time, flow 
patterns in minichannels were recorded with a high-speed 
camera. The results of selected experiments carried out in 
subcooled and saturated boiling regions were analysed. Local 
values of the heat transfer coefficient at the contact surface 
between the fluid and the plate were calculated using the 1D 
mathematical method. The results were presented as local heat 
transfer coefficients. Results of experiments in which the smooth 
surface of the plate-contacting fluid was also applied for 
comparison. The main aim was to find out how using the 
enhanced heated surface of the minichannel wall can intensify 
heat transfer processes during flow. The mean relative errors of 
the heat flux and heat transfer coefficient obtained for selected 
experimental series are shown. 

INTRODUCTION 
With the rapid development of the miniaturization industry 

and because of the need to use compact high-efficiency heat 
exchangers, minichannels can ensure the advantages of their 
small dimensions. Furthermore, when a phase-change 
phenomenon such as boiling is used during the flow, high heat 
efficiency is guaranteed. The ecological aspect and the use of 
environmentally friendly low-boiling fluids are important.  

In the literature, the influence of thermal and flow 
parameters, geometrical dimensions of the test section and its 
spatial orientation during flow in minichannels influencing the 
development of investigated boiling heat transfer has been 
discussed widely for over a dozen years. However, methods of 
heat exchange intensification, such as the use of enhanced heated 

walls, have not been thoroughly investigated and described. It is 
still an interesting topic and worth studying.  

The use of enhanced heated surfaces in heat exchangers 
seems interesting because these surfaces provide a potential for 
further heat transfer enhancement. A review of the literature on 
flow boiling heat transfer in minichannels with enhanced 
surfaces was presented in previous work by authors, i.e. Ref. 
[1–4]. Additional state-of-the-art on the topic of this work is 
presented below.  

Ref. [5] focuses on flow boiling heat transfer in a vertical 
rectangular channel heated from one side while the other was 
enhanced. The laser was used to texture the surface to change the 
wettability from hydrophilic to hydrophobic. It was noticed that 
the hydrophobic surface showed delayed onset of nucleate 
boiling compared to that of the hydrophilic surface, shifting the 
boiling curves to higher wall superheat.  

Flow boiling heat transfer of graphene nanoplatelets nano-
suspension on a small copper disk was the main aim of the 
investigations described in Ref. [6]. With increasing the heat flux 
and flow rate, the boiling heat transfer increased. The increase in 
heat transfer was indicated to be the result of the intensification 
of the Brownian motion and thermophoresis effect in the boiling 
close to the surface. 

In Ref. [7] described the flow boiling heat transfer 
characteristics of R134a on the graphene-Cu nanocomposite 
coating on the copper substrate. The test section with 
a rectangular channel of 60 mm width, 3 mm height and 460 mm 
length was used, while graphene-Cu composite test plates were 
prepared in an area of 10 mm × 10 mm. In the studies with higher 
graphene concentrations, the heat transfer coefficient and higher 
heat flux were obtained.  Furthermore, it was indicated that 
during increasing mass flux, there was an increase in boiling heat 
transfer during flow.  

According to previous investigations by the authors, the 
application of enhanced heated surfaces in minichannels can 
give more effective heat transfer during subcooled or saturated 
boiling in comparison to the results obtained for smooth 
surfaces. Therefore, the use of an enhanced surfaced may be 
appreciated from an economic and manufacturing point of view. 
The main aim of this work is to find out how the use of the 
selected enhanced heated surface of the minichannel wall can 
intensify heat transfer processes during flow. 
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NOMENCLATURE 
 

G [kg/(m2s)] Mass flux 
HTC [W/(m2K)] Heat transfer coefficient 
q [W/m2] Heat flux (density) 
Ra [m] Arithmetic mean deviation of the roughness profile 
Rz [m] Maximum height of the roughness profile 
Sa [m] Arithmetic mean height of surface roughness 
Sz [m] Maximum height of surface roughness 
T [K] Temperature  
x [m] Cartesian axis direction (along the flow)  
 
Special characters 
Tsub [K] Liquid subcooling at the inlet 
 [m] thickness 
 [W/(mK)] Thermal conductivity 
 
Subscripts 
F  Foil 
f  Fluid 
IR  IR measurement 

EXPERIMENTAL RIG AND PROCEDURE 
The experimental setup is composed of the main loop with 

working fluid – Fluorinert FC-72, the data and image acquisition 
system with and the lighting system, the power supply and 
control system. The essential element of the experimental rig is 
a test section with a group of seven vertically oriented parallel 
minichannels. There is a downward flow in the minichannels, 
while the imposed heat flux supplied to the shared wall of the 
minichannels (made of Haynes-230 alloy foil) increases. The 
other elements of the main loop are: gear pump, heat exchanger 
and mass flowmeter. The data and image acquisition system 
includes an infrared camera A655SC FLIR, a high-speed 
camera, a PC computer and data acquisition stations. A system 
consisting of LEDs illuminates the two-phase flow in 
minichannels. The K-type thermocouples and gauge pressure 
meters are mounted at the inlet and outlet of the test section.  
Figure 1 presents a view of the experimental stand. 

The schematic diagram of the test section is shown in Figure 
2. Dimensions of a single minichannel are as follows:  
1 mm (depth), 6 mm (width) and 43 mm (length). The heated foil 
is made of Haynes-230 alloy, while other main parts, i.e. the 
cover and body of the test section, are made of aluminium; 
minichannels sides are produced in a Teflon spacer. The foil (2) 
on the outer side is coated with a black paint of known emissivity 
(0.97). The surface of the foil that is in contact with the fluid is 
smooth or enhanced. The main roughness parameters of all 
tested foil surfaces contacted fluid, are listed in Table 1. Flow 
patterns are observed through the glass (5). Table 2 presents 
errors of the main experimental parameters. 

During the experiment, when the desired pressure and flow 
rate are reached, the gradual increase in the electric power 
supplied to the heated foil results in increased heat flux 
transferred to the fluid in minichannels. This leads to boiling 
incipience and boiling development. The temperature 
distribution on the outer foil surface is measured due to IR 
camera. The flow patterns is observed on the opposite side of the 
minichannels. Other experimental parameters (fluid temperature 
and pressure, mass flow rate,  current intensity and voltage drop) 
are also recorded. 

 

 
 

Figure 1 A view of the test experimental stand. 

Table 1. Roughness parameters of the heated foil surface. 

Roughness parameters [µm] 

Ra Rz Sa Sz 

Smooth surface 

0.0353 0.2256 0.2683 3.1830 

Electromachining texture 
0.0747 0.8367 1.0570 22.5200 

Laser texture 
0.0426 0.2621 0.5581 38.0000 

Porous surface produced by soldering iron 
powder 

10.8600 45.8900 15.5900 121.3000 
Emery paper P36 texture 

0.3828 2.4060 0.7099 6.8990 
Emery paper P80 texture 

0.3043 1.9480 0.6622 7.0340 
Emery paper P220 texture 

0.1536 0.8548 0.2711 3.8830 
Emery paper P389 texture 

0.0389 0.2271 0.2109 4.2180 
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Figure 2 The schematic diagram of the test section: a) view 
from the IR camera side, b) cross-section: 1 – top cover,  
2 – heated foil, 3 – spacer with minichannels, 4 – body,  

5 – glass pane. 

Table 2. Errors of the main experimental parameters. 

Parameter (device) Maximum error 
(range) 

Temperature of the FC-72 fluid   
(K-type thermocouples, 

Czaki Thermo-Product, Poland) 

±1.5 °C  
(−40 ÷ 375 °C) 

Temperature of the heated foil 
(infrared camera: A655SC FLIR) 

±2 °C or ±2%  
of the reading 

(−20 ÷ 120 °C) 
Atmospheric pressure  

(pressure meter: Wika, A-10) 
0.5%  

of the full scale  
(0 ÷ 2.5 bar) 

Overpressure at the inlet/outlet  
(pressure meters: Endress + 
Hauser, Cerabar S PMP71) 

±0.05% 
of the reading 
(0 ÷ 10 bar) 

Mass flow rate  
(Coriolis mass flow meter: Endress 
+ Hauser, Proline Promass A100) 

±0.1% 
of the reading  

(0 ÷ 0.125 kg/s) 

CALCULATION OF HEAT TRANSFER COEFFICIENT  
The heat transfer coefficient was determined using a simple 

one-dimensional mathematical method, taking into account heat 
transfer in the direction x consistent with the minichannel depth 
and the heated foil thickness according to the following 
dependence [1-4]: 

 

𝐻𝑇𝐶(𝑥) = 𝑞/(𝑇 (𝑥) − 𝑇 (𝑥) − 𝑞 ⋅ ) (1) 

 
where HTC heat transfer coefficient, x distance from the 
minichannel inlet along the flow direction, q heat flux transferred 
to the fluid (determined on the basis of the measurement current 
intensity supplied to the foil and the voltage drop), TIR – 
temperature of the foil measured by the infrared camera, Tf − 
fluid temperature, calculated depending on the boiling region: at 
subcooled boiling from the assumption of the linear distribution 
of the fluid temperature along the channel or at saturated boiling 
based on saturated temperature dependent on pressure, F − the 
coefficient of thermal conductivity of the foil and F  – thickness 
of the foil. 

The methodology for conducting uncertainty analyses 
including heat flux and heat transfer coefficient, was explained 
in detail in [1]. The values of mean relative errors, obtained for 
selected experimental series using a smooth or enhanced surface, 
are shown in Table 3, for each boiling region (subcooled and 
saturated), respectively.   

Table 3. Mean relative errors [%] of the heat flux and heat 
transfer coefficient obtained for selected experimental series. 

Subcooled boiling region Saturated boiling region 
 Foil Surface q   Foil Surface q  

Smooth 3.57 3.51 Smooth 3.41 13.29 

Erosion 3.89 3.40 Erosion 3.59 7.08 

Emery paper 
P-220 

3.81 3.36 
Emery paper  

P-36 
3.15 5.53 

Porous 3.92 4.42 Porous 3.94 5.47 

 
When analysing the data illustrated in Table 3, it was noticed 

that the mean relative errors of the heat flux were similar, below 
4% (range 3.15 ÷ 3.94%). The mean relative errors of the heat 
transfer coefficient depend on the boiling region. For subcooled 
boiling, the mean relative errors of HTC were in the range:  
3.36 ÷ 4.42%. Furthermore, higher values were achieved for 
saturated boiling, being in the range: 5.47 ÷ 13.29%. The highest 
error was obtained while the smooth foil surface was applied in 
the experiment.  

RESULTS 
The results are represented graphically as relationships 

between the measured temperature of the heater  
(Figures 3 and 4) and the heat transfer coefficient (Figures 5 and 
6), both versus the distance from the minichannel inlet. Figures 
3 and 5 relate to subcooled boiling, whereas Figures 4 and 6 
present the data obtained for saturated boiling.  
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Investigations were conducted under similar stable thermal 
and flow stationary conditions, set for each boiling region 
(subcooled and saturated), as follows: 

- subcooled boiling: q = 46.2 kW/m2, G = 566 kg/(m2∙s) 
and Tsub = 45.4 K;  

- saturated boiling: q = 54.2 kW/m2, G = 566 kg/(m2∙s) and 
Tsub = 46.0 K. 

 

Figure 3 IR temperature measurements on the outer surface  
of the heated foil vs. distance from the inlet; subcooled boiling 

region; experimental parameters: q = 46.2 kW/m2,  
G = 566 kg/(m2∙s); Tsub = 45.4 K; data collected for:  

a) enhanced surfaces produced with the use of emery paper 
characterized by four grit sizes (P36, P80, P220 and P389);  

b) smooth surface and enhanced surfaces produced by electro-
machining texture (‘erosion’), laser surface texture (‘laser’), 

with the use of emery paper P220 and porous surface produced 
by soldering iron powder to the foil (‘porous’). 

 
Foil temperature refers to the outer surface of the heated foil 

due to infrared thermography (vertical axis named 
‘measurements’ in Figures 3 and 4). The local heat transfer 
coefficients are determined using Equation (1) and refer to the 
heated foil-working fluid contact surface. Separate plots were 
generated for the subcooled boiling region (Figures 3 and 5) and 

the saturated boiling region (Figures 4 and 6). In part ‘a’ of 
Figures from 3 to 6, the data obtained on the basis of experiments 
with enhanced surfaces produced with the use of emery paper 
characterized by four grit sizes (P36, P80, P220 and P389) are 
shown. Furthermore, in part ‘b’ of these figures the results 
obtained for a smooth surface of the heated foil and four 
enhanced surfaces (namely: produced by electro-machining 
texture, laser surface texture, modified with the use of emery 
paper P220 and porous surface produced by soldering iron 
powder to the foil) are illustrated for comparison. 

 

Figure 4 IR temperature measurements on the outer surface  
of the heated foil vs. distance from the inlet; saturated boiling 

region; experimental parameters: q = 54.2 kW/m2,  
G = 566 kg/(m2∙s); Tsub = 46.0 K; data collected for:  

a) enhanced surfaces produced with the use of emery paper 
characterized by four grit sizes (P36, P80, P220 and P389);  

b) smooth surface and enhanced surfaces produced by electro-
machining texture (‘erosion’), laser surface texture (‘laser’), 

with the use of emery paper P220 and porous surface produced 
by soldering iron powder to the foil (‘porous’). 

 
When analyzing the data collected for selected types of 

heated foil surface contact fluid, presented in Figure 3 for 
subcooled boiling, it is observed that temperature of the outer 
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heated foil surface was in the range from approximately 330 to 
345 K. According to Figure 3a, the lowest temperature was 
recorded when emery papers P36 and P389 were applied to 
produce recesses on the surface; the highest temperature was 
obtained for P220. The graph of an increasing function has 
a positive slope only for smooth and porous surfaces, Figure 3b. 
The data shown in this graph indicate that the highest 
measurement temperature was achieved for use with the porous 
surface produced by soldering iron powder in experiments 
(characterized by the highest roughness parameters on the foil 
surface; see Table 1). The application of a smooth surface and 
a low roughness laser texture caused that the foil temperature 
according to the IR measurement was the lowest. 

The temperature distributions on the heated surface, shown 
in Figure 4, collected for saturated boiling, indicated certain 
similarities to those obtained for the subcooled boiling region. 

Taking into account the local values of HTC at subcooled 
boiling, shown in Figure 5, it is obvious that they increase with 
the increase from the minichannel inlet.  Furthermore, the values 
were in the range of 0.7 to 1.9 kW/(m2K) for selected heat flux. 
When comparing the results shown in Figure 5a, it is seen that 
applying the grit size of P220 gave the highest HTC values. 
Furthermore, the lowest values of HTC were achieved were 
enhanced surface produced with the use of emery paper 
characterized by the lowest grit size (P36) was used. Analyzing 
the results illustrated in Figure 5b, it was noticed that the HTC 
values computed based on data collected from a porous surface 
are the lowest compared to other data. These data confirm the 
previous results [2]. 

These similarities are due to the fact that the differences 
between the values of the imposed heat fluxes in both cases were 
not large. Moreover, with changes in the boiling region and 
detaching of a larger amount of bubbles of different sizes, several 
surfaces indicate increase differences between the recorded 
temperatures, and consequently, it will affect the value of the 
heat transfer coefficient. When analyzing the dependence shown 
in Figure 4a, it is observed that using laser texture helps to 
achieve the lowest temperature of the heater, but the porous 
surface applied causes the highest foil temperature. Furthermore, 
the temperature differences between the results increase. 

In analogy to the presentation of the HTC results for 
subcooled boiling, local heat transfer coefficients in the saturated 
boiling region are shown in Figure 6. HTC values were in the 
range of 2 to 110 kW/(m2K) for the selected heat flux. The heat 
transfer coefficient achieves higher values compared to those 
obtained for subcooled boiling, similar to earlier observations [1-
4]. The results illustrated in Figure 6a indicate that applying the 
size of P36 gave the highest HTC and using P220 provided the 
lowest heat transfer coefficients compared to other grit sizes used 
in foil surface modification by emery papers. Furthermore, when 
analyzing the local HTCs presented in Figure 6b, it is observed 
that the enhanced surface produced in the electromachining 
process and the laser texture (but only taking into account the 
middle of channel length), having roughness parameters not very 
high (in comparison to other tested surfaces), helps achieve the 
best heat transfer results while using a porous surface causes 
deterioration of heat transfer. Furthermore, it was noticed that 
the use of the smooth surface of the heater compared to other 

tested surfaces gave quite good results in terms of the heat 
transfer effectivity. 

Figure 5 The heat transfer coefficient vs. distance from the 
inlet; subcooled boiling region; experimental parameters:  

q = 46.2 kW/m2, G = 566 kg/(m2∙s); Tsub = 45.4 K;  
data collected for: a) enhanced surfaces produced with the use 

of emery paper characterized by four grit sizes (P36, P80, P220 
and P389); b) smooth surface and enhanced surfaces produced 
by electro-machining texture (‘erosion’), laser surface texture 
(‘laser’), with the use of emery paper P220 and porous surface 

produced by soldering iron powder to the foil (‘porous’). 

All observations from experiments prove the complexity of 
the heat transfer processes during flow boiling in minichannels 
during the boiling development at the saturated boiling region. 
Forming, growing and then detaching bubbles have an 
ambiguous effect on the efficiency of heat transfer. 
Complementing the data with the analysis of the two-phase flow 
structures and precise identification of the flow patterns could 
help to extend the conclusions. However, the images for the 
structures formed in the flow with the use of some enhanced 
surfaces of the heater are blurred (especially for the porous 
surface). Furthermore, other factors, such as mass flux, pressure 
in the installation, and especially spatial orientation of the test 
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section with minichannels asymmetrically heated, have a huge 
impact on development of boiling and the efficiency of heat 
transfer processes. It is worth highlighting that flow boiling heat 
transfer in minichannels having an enhanced heated surface 
needs to be broadened and continued. 

Figure 6 The heat transfer coefficient vs. distance from  
the inlet; saturated boiling region; experimental parameters: 

q = 54.2 kW/m2, G = 566 kg/(m2∙s); Tsub = 46.0 K;  
obtained for: a) enhanced surfaces produced with the use of 
emery paper characterized by four grit sizes (P36, P80, P220 

and P389); b) smooth surface and enhanced surfaces produced 
by electro-machining texture (‘erosion’), laser surface texture 
(‘laser’), with the use of emery paper P220 and porous surface 

produced by soldering iron powder to the foil (‘porous’). 

CONCLUSIONS 

This work presents results of investigations concerning 
FC-72 flow boiling heat transfer in seven minichannels. In 
experiments, the heated foil surface in contact with the working 
fluid flowing in the minichannels was enhanced. Seven enhanced 
surfaces were tested, mainly: produced by electromachining, 
laser surface texture, obtained with the use of emery paper 
characterized by four grit sizes (P36, P80, P220 and P389) and 

porous surface produced by soldering iron powder to the foil. 
The data achieved for the smooth foil surface was also applied 
for comparison. The main objective was to analyse the values of 
the heat transfer coefficient achieved on the foil-working fluid 
contact surface in the central minichannel to find out if using 
modified surfaces intensifies heat transfer during flow.  

When the foil temperature results recorded by infrared 
thermography for both boiling regions were analysed, it was 
noticed that the highest temperature was achieved for use with 
the porous surface produced by soldering iron powder in 
experiments. Furthermore, the application of a smooth surface 
and a laser texture caused the foil temperature to be the lowest. 

Taking into account the HTC results, it was observed that at 
subcooled boiling, the application of the enhanced foil surface 
produced with the help of emery paper (the grit size of P220) 
caused HTC increase. At saturated boiling, the highest HTCs 
were observed when enhanced foil modified in the 
electroerosion process was applied. 

The mean relative errors of the heat flux and HTC were 
estimated. Heat flux errors ranged from 3 to 4%. The HTC errors 
depended on the boiling region. For subcooled boiling, the errors 
were below 4.5%. Furthermore, higher error values were 
achieved for saturated boiling, up to 13.3%.  

Due to the complex conditions of the boiling process during 
fluid flow in minichannels with an enhanced heated surface, 
further studies are planned. 
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ABSTRACT 

The hydrodynamic performance of packed bed (PB) 
systems is dominated by the geometry and size of the individual 
capsules, the relative geometry and size of the holding container, 
as well as the operating conditions of the system. The 
interactions between these parameters influence the packing 
geometry and consequently pressure drop across the PB. Some 
packing density and pressure drop correlations are available for 
spheres and cylinders but remain limited for more complex 
shapes. The large number of degrees of freedom make 
experimental iteration alone as design and optimization principle 
often economically and practically unrealistic. Whereas 
computational efforts have been performed in the past, they 
relied on heavy computational efforts or approximations in 
addition to limited external data for validation. 

A computational approach based on the combination of 
rigid body simulations (RBS) and CFD using realistic PB 
geometries is proposed for predicting the hydrodynamic 
performance of packed beds of different shapes. The workflow 
is based on a combination of two computational methods and the 
use of computed tomography (CT) data and pressure gradient 
experiments as a novel validation method, along with 
experimental pressure drop measurements and available 
correlations.  

In this manuscript the results of the methodology applied for 
a packed bed of spheres is presented with agreement between 
experimental data and predicted values with RMSE 0.8 % for 
packing density and 3.6 kPa/m on average in terms of pressure 
gradient. 

1 INTRODUCTION 

The hydrodynamic performance of packed bed systems is 
dictated by the interactions of operating, thermophysical and 
geometric parameters [1]. Available channels in a PB structure 
are the result of the compound interactions between shape and 
size of the particles and container, and the level of consolidation 
after the filling procedure [2]. 

Particle shape, size and roughness can influence the total 
and local packing density, flow distribution and effective heat 
transfer surface in contact with the flowing heat transfer fluid 
around. [3], [4] These characteristics in turn influence the power, 

capacity and efficiency of the system in various ways [5]. For 
any PB structure an increase in packing density translates in 
usually undesired pressure drop effects. Another example is the 
decrease of particle size, which will effectively increase 
available surface but would increase production costs (total 
number of particles), especially for complex geometry particles. 

To characterize the flow of a packed bed structure using 
computational tools, a realistic PB structure representation is 
necessary. 3D digital representations can be used to provide 
volume averaged geometrical information on the structure of the 
packed bed on one hand. Alternatively, they can be used directly 
as inputs for pore scale models that use exact representations of 
the 3D geometries. 

Although many aspects of hydrodynamic performance in 
packed bed structures have been investigated for spherical [6] 
and cylindrical [7] particles, a clear gap remains in the 
comprehensive examination of alternative complex capsule 
shapes on the thermal and hydrodynamic performance of PB 
structures due to the lack of readily available robust design tools 
and guidelines. Particle shape effects thus remain an untapped 
potential for further customization and optimization of PB 
structures for different applications. A big barrier towards 
prediction of hydrodynamic performance of PB of complex 
particles is the uncertainty connected to the generated PB 
geometry and the difficulty to determine it with standard 
experimental methods. 

In this study we propose a novel methodology for the 
prediction of the packing geometry and hydrodynamic 
performance of PBs, which is based on using computed 
tomography to develop an accurate RBS based tool to provide 
the geometry information necessary for the determination of the 
PB performance. The novelty of the presented results remains 
mainly on the use of computed tomography measurements for 
additional validation of the simulated 3D structures. The 
availability of this resource allows for a true one to one 
comparison in several aspects with the simulation on very 
realistic conditions. From overall packing density, internal 
average characteristics, and hydrodynamic performance. 
Iteration on several types of capsules shapes with distinctives 
geometrical features will eventually validate and build trust on 
the PB simulated structures. 

In the work presented here we study spherical particles as 
the most fundamental and well documented shape, but in 
principle this methodology can be used for any shape 
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imaginable. Additionally, we put a special focus on studying PB 
structures under heavy border effects. While border effects are 
often neglected during packed bed estimations, they are present 
in many applications and being able to account for them is of the 
essence for accurate calculations.  

 

2 MATERIALS AND METHODS 
 
In this manuscript we focus on both, the determination of 

realistic 3D packed bed structures, and on a second step the 
characterization of their1 hydrodynamic behavior using pressure 
gradient (PG) through the packed bed structure as metric. 

 
To establish a reliable workflow, spheres were chosen as a 

first step in validation. The amount of available previous studies, 
including experimental results and correlations allow for a 
comprehensive validation before moving on to more exotic 
geometries. A set of 1200 aluminum spheres with 5mm diameter 
was selected as base system and purchased from an industrial 
manufacturer. 

 
For the first part, 3D PB structures generated using RBS 

simulations are compared with one-to-one 3D structures 
obtained from computed tomography measurements of the 
physical aluminum particles using several containers with 
different diameter ratios. The comparison in terms of overall 
packing density and radial porosity profiles allows for two 
overall geometric validation indicators. 

 
In the second step, CFD simulations are performed using 

both types of 3D PB structures as geometrical inputs. The 
pressure gradient results are then compared with experimental 
measurements performed on a real version of the PB 
arrangement and results using an empirical correlation. Figure 1 
shows a simplified flow chart of the methodology. 

 

 
2.1 3D Packed bed structure determination 

 
Figure 2 shows a sample of both, simulated structures, and CT 
surface reconstruction of the real particles in an analog real 
container. Additional information on how both types of 
structures were generated can be found on sections 2.1.1 and 
2.1.2 respectively. 

 
Figure 2. 3D Packed bed structures. Rigid body simulation 
output (Simulation) on the left. Computed tomography (CT 
Measurement) surface reconstruction on the right. 

 
2.1.1 Rigid body simulations: 
 
Rigid body physics simulations were performed in open-source 
software Blender. A set of Python scripts, compatible with the 
Blender interface were used to automate the packing routine 
based on the work presented by Partopour et al. [8] 
 
The routine requires geometrical inputs for both outer container 
and a description (primitive) of a single capsule. Default 
primitives are available such as spheres and cylinders in the 
software package, but any custom complex geometry can be 
generated using python scripts in Blender or alternative 
modelling software to define surfaces, dimensions, and surface 
mesh parameters.  

 
To achieve this, rigid body physics simulations assume ideal 
non-deformable particles in which the distance between two 
points on the surface of the particle will not change with any 
force exerted on the object. This simplification reduces the 
number of calculations per particle significantly when compared 
to discreet element method based algorithms.[9] The dynamic 
motion of the bodies is described by the Newton-Euler 
differential equation system obtained by applying Newton's 
second law for both translational and rotational motions [10]. 
 
 
2.1.2 3D structures based on computed 

tomography measurements: 
 
The physical fixed bed representations were measured using the 
Diondo d2 computed tomography system. Taking a 5mm 
diameter sphere, the voxel length represents 1.3% of the 
representative length of the particle.  
 

The measurements were performed using a helix scan path 
with 0.36° interval scans and pitch below 1. Additional scan 
parameters are presented in Table 1.  
 

The data gathered during the scans was reconstructed using 
the Siemens CERA software and converted to STL files in 
VGSTUDIO by Volume Graphics. To do this, the scanned area 
is first aligned vertically, and a region of interest (ROI) is 
defined. All imperfections within the individual spheres are 

Figure 1. Pressure gradient comparison methodology flow chart 
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deleted and finally the geometry of the ROI is exported as a 
surface mesh.  
 

Parameter Value 
Voltage  160 kV 
Current  156 µA 
Power  24.96 W 
Focus  High power 
Filter  Aluminum 1mm 
Voxel size (X,Y,Z)  0.063mm 

Table 1. CT scan parameters 

 
 
2.2 Characterization of hydrodynamic behavior 
 
2.2.1 CFD hydrodynamic simulations 
 

For this stage, the HTF domain is considered alone with 
uniform temperature and the objective is to describe the flow 
field and calculate the pressure drop across the PB. To do this 
the Navier-Stokes equations for steady-state incompressible 
fluid flow must be used. The SIMPLE algorithm implemented in 
OpenFOAM was used to perform the simulations. The solver 
was set as pressure based for incompressible flow. No slip walls 
and constant mass flow at the inlet boundary conditions were 
used.  

 
Additionally, cleaning routines on both types of 3D files 

were performed using ANSYS SpaceClaim and Meshlab to 
extract edges, fix overlapping and missing surfaces, and solidify 
the surface mesh to render it manifold (waterproof) and usable 
by OpenFOAM.  
 

The mesh generators contained in OpenFOAM, blockMesh 
and snappyHexMesh were used for this task. The first step in 
mesh generation is to create a background mesh using 
blockMesh. This network defines the size of the area to be 
simulated and specifies a starting size for the cells.  
 

To meet the criteria for a suitable mesh, the circular base of 
the cylinder is divided into squares of roughly the same size. This 
structure runs through the entire height of the cylinder as well as 
inlet and outlet sections. Using the generated Blockmesh and the 
STL files as basis, snappyHexMesh is used to create the final 
mesh. Based on a refinement study, a starting cell size of 1mm 
is selected which corresponds to a final cell size of about 
0.25mm. 

 
 

2.2.2 Experimental pressure gradient 
measurements: 

 
The experimental setup is presented in Figure 3 and Figure 

4. The experimental setup was designed for flexible variation of 
particle shapes and mass flow rates of heat transfer fluid with 
simultaneous measurement of the pressure gradient, and 
eventually, temperature profiles across the PB.  

 
The volume flow of the fluid, in this case water at 10 °C, is 

measured with the magnetic inductive flow measuring system 
Promag 33A from Endress + Hauser. The pressure difference 
between the inlet and outlet of the fixed bed is determined by the 
Emerson Rosemount 3051 CD3 differential pressure gauge. The 
flow measuring system has a range of 0 - 1,200 liters per hour 
and the differential pressure measuring devices a maximum 
measuring range of -2.48 to 2.48 bar.  

 
Heat transfer measurements on the PB systems are planned 

at a later stage. For this reason, the experiment setup is designed 
so that the fluid temperature can be measured at several points. 
The hydraulic scheme of the structure can be seen in Figure 3. 
 

 
Figure 3 Schematic of experimental setup 

The main part of the setup is the watertight container which 
holds the PB structure. It can be separated from the rest of the 
setup without great effort and dismantled completely. A PMMA 
pipe with a length of 350 mm is used as an outer wall for the 
container where the PB is restricted at the top and bottom by 
sieves.  

 
Helical compression springs press these screens onto the 

fixed bed on both sides and positions it in the middle of the pipe. 
Reducers and flanges are attached to the pipe ends. These 
represent a detachable connection between the container and the 
rest of the experimental setup.   

 
The connections of the pressure sensor system are at least 

12 pipe diameters away from the fixed bed and pipe elbows. A 
flow profile that has been developed can thus be assumed at the 
measurement positions. The entire assembly of the container can 
be seen in Figure 4. 

 
In order to only calculate the pressure drop caused by the PB 

when evaluating the measurement data, a reference measurement 
is carried out with the empty container and used as baseline for 
the following measurements. A spacer holds the sieves in the 
intended position during baseline measurements. With the empty 
container, measuring points are recorded for flow rates between 
0 and 1,000 kg/h. For the measurements with the filled container, 
the PBs are clamped into the test stand immediately after a CT 
measurement. Thanks to the compression springs, the bulk does 
not move during transport.  
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Figure 4 Experimental setup PB container and CAD 

representation. 

 
Pressure drop measurements across the PB structures are carried 
out at volume flows between 0 and 1,000 kg/h. The entire system 
is allowed to equilibrate for 30 minutes with flowing water 
before every set of measurements. During data recording, the 
volume flow is manually controlled with a valve and kept 
constant for at least 60 seconds. The output signals from the 
differential pressure and flow meters are recorded by software 
and hardware from National Instruments. 
 
 
2.2.3 Empirical Correlation 
 

As comparison of simulation and experimental results with 
available literature the empirical correlation (EC) presented by 
Nemec & Levec [11] was selected. The estimations made with 
this EC are shown along with both simulation and experimental 
results as a further verification for both CFD simulations and 
experimental data. Equation 1 shows the correlation in the form 
of pressure gradient. 

 
 

(1) 
 

 
Where ε represents the total porosity of the PB, dSV the 

sphere diameter, φ the sphericity of the particles and ωf the 
superficial velocity of the fluid. 

 
This equation form was used to fit functions for both 

baseline measurements and final experimental measurements 
with the aim of comparing in terms of root mean square error 
(RMSE) between empirical correlation prediction, experimental 
data and CFD simulations with both numerically generated and 
computed tomography measurement input structures. 

 

3 RESULTS 
 

3.1 PB geometry characterization 
 

3.1.1 Overall packing density: 
 

Realistic packing density information is very valuable for 
several applications in which border effects are unavoidable or 
achieving the required size ratios for higher packing densities is 
economically unfeasible. Figure 5 shows the evolution of 
packing density for the previously described system of 1200 
spheres at varying outer container diameter ratios (DCont).  

 

 
Figure 5 Packing density comparison. Simulated structures vs 

CT measurements at varying dSph/DCont. 

The figures show agreement between simulations and CT 
measurements with RMSE 0.8 % on average. On ideal random 
packing conditions, with no border effects, spheres can attain up 
to 64% packing density [12]. The considerable deviation 
between the results shown and the reported maximum shines the 
spotlight on the importance of border effects for accurate 
packing density predictions.  
 

Considering the fixed number of spheres (1200) in this 
system, the outer container diameter will determine how the 
border effects translate on the resulting overall PD of the PB 
structure. For the lowest diameter ratio, the contributions from 
both radial and vertical border effects present decrease the PD to 
around 51%. As diameter ratios decrease, the resulting packed 
bed increases in total height, reducing the contribution of the 
vertical border effects, slightly increasing the PD to around 54%.  
 

 
3.1.2 Radial porosity profiles 

 
Figure 6 shows the normalized radial porosity profiles of 

both types of 3D structures with respect to the sphere diameter 
and the outer radius of the container.  The plots correspond to 
triplicate measurements and corresponding simulations. As 
expected, the periodicity on the porosity peaks initially coincides 
with the characteristic length (diameter) of the spheres and then 
shows slight shifting as observed by Fernengel et al. [2]. 
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Figure 6 Radial porosity profiles. Simulated structures vs CT 
measurements. 

The RMSE between simulations and measurements remain 
well under 5%. The small differences are most likely explained 
by the small volumes added when bridging the particles by the 
CT surface reconstruction software.  

3.1.3 Pressure gradient simulations 

The CFD simulations were carried out using both types of 
3D structures, Simulations (noted CFD – Sim) and CT 
measurements (CFD – CT Meas.). Figure 7 show results for 
triplicate simulations of both types of structures at varying 
flowrates. 

Figure 7 Pressure gradient CFD simulations comparison. 
Simulated input structure vs CT measurement. 

Overall, there is a clear agreement between the two sets of 
results, with increasing deviations at high flowrates. At these 
velocities, the small differences in volume and how the contact 
points are produced may play a bigger role. However, the 
pressure gradients calculated show agreement between both 
types of input geometries with an average RMSE of around 2 
kPa/m. 

3.2 Validation with experimental setup 

        Figure 8 shows the experimental results obtained for several 
PB structures of spheres on the experimental setup. The points in 
the figure are normalized using baseline measurements to 
account for any flow disturbances not considered in the 

simulations, such as pipe bends, holders and inlet and outlet 
manifolds. 

Figure 8 Comparison of experimental data and CFD 
simulations using both types of input geometries. 

        The error bars show the oscillations of the measurements 
during at least 60 seconds per measurement point. The dataset 
shows two different standard deviations as the measurements 
were taken with two separate pressure sensors adapted to each 
measurement range. Although slightly higher discrepancies are 
present at higher flowrates, the overall RMSE between each set 
of simulations and the experiments are 4.6 kPa/m with respect to 
CFD – Sim and 2.6 kPa/m for CFD – CT Measurements.  

3.3 Validation with empirical correlation 

Figure 9 shows the compounded results, including 
simulations, experiments, and empirical correlation result 
predictions. Similarly to the experimental data, the empirical 
correlation confirms the validation routine and serves as 
verification that, at least for spheres, the assumptions used for 
simulations, and experimental results are consistent with reality 
and previous studies.  

        Among all datasets when comparing with respect to the 
empirical correlation, the maximum RMSE corresponds to that 
of the experimental results with 3.4 kPa/m. 

Figure 9 Pressure gradient compounded results including 
empirical correlation for 1200 spheres. 
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4 CONCLUSION 

        The used software package, although approximating the 
physics involved, is well suited to reproduce packing of spheres 
at high degrees of border effects. The analysis of the simulated 
structures closely matches that of the real structure acquired via 
computed tomography imaging in terms of packing density 
measurements with RSME 0.8 % and radial porosity profiles 
with RSME 4.4%.  

Additionally, both types of structures proved adequate to 
reproduce the experimental results observed in CFD simulations 
showing general agreement with both experimental data and 
empirical correlation results. The use of CT data as novel 
validation data for random packing density simulations of 
spheres shows great potential on the further development and 
validation of PB simulation tools. 

Based on the presented results, the methodology will be 
challenged and improved using different particle shapes with 
characteristic geometrical features.  
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ABSTRACT 
This work presents some preliminary results about a new 

void fraction model in subcooled flow boiling based on brand 
new mass and energy balances developed by the author over the 
past years. As main novelties, the new mass balance is based on 
the liquid velocity and the mixture specific volume whereas the 
new heat balance is function of the mixture enthalpy, based on 
the thermodynamic quality, and explicitly includes the mean 
vapour-liquid velocity ratio, or slip ratio. The core of the model 
is to predict the slip ratio profile then to calculate the mixture 
enthalpy from the new heat balance and, finally, to derive the 
void fraction. In this work, it is shown that the continuity of the 
first derivative of the mixture specific volume just at saturation 
establishes a first equation to obtain the slip evolution. A second 
kinematic equation between the onset of nuclear boiling (ONB) 
and the vapour velocity is also found. Three additional 
parameters, related with the ONB and the point of net vapour 
generation are needed for the void fraction profiles predictions, 
which have been found by trial and error searching the best 
fitting to the measured void fraction. The new model is compared 
to eight full axial void fraction profiles data for upward 
subcooled flow of water at high pressure. 

NOMENCLATURE 

A [m2] Cross-sectional area of the tube 
D [m] Tube diameter 
𝐺 [kg/m2s] Mass flux 
ℎ [J/kg] Specific enthalpy 
𝑝 [Pa] Pressure 
𝑞 [J/mkg] Specific heat per unit length 
𝑞" [W/m2] Heat flux 
S [-] Mean vapour-liquid velocity ratio or slip ratio 
T [K] Temperature
u [m/s] Cross-sectional average velocity
v [m3/kg] Specific volume
W [kg/s] Mass flow rate
x [-] ‘Static’ or ‘Thermodynamic’ quality
z [m] Tube axis direction

Special characters 
α [-] Vapour void fraction 
𝜌 [kg/m3] Density 

Subscripts 
F Saturated liquid 
G Saturated vapour 
L Subcooled liquid 

m liquid-saturated vapour mixture  
i Inlet 
ONB Onset of Nuclear Boiling 
NVG (Point of) Net vapour generation  
sat Saturated 
0 Partially subcooled boiling region 
1 Fully subcooled boiling region 
2 Saturated boiling region 

INTRODUCTION 
Modelling of subcooled flow boiling i.e., the flow of 

subcooled liquid through a heated channel in which a net amount 
of saturated vapour (bubbles) is produced, is of outmost 
importance for a huge variety of industrial systems [1]. One of 
the major parameters characterizing such liquid-vapour flows is 
the void fraction, 𝛼, representing the fraction of the channel 
cross-sectional area occupied by the gas or vapour phase. 
Recently, following an exhaustive comparison of available void 
fraction data sets with 49 models and correlations for 𝛼 
published since 1959 until 2021, Mudawar and co-workers [2] 
affirm that, due to the complexity in treating thermodynamic 
non-equilibrium effects in subcooled flows, predicting void 
fraction in a purely theoretical manner is a formidable challenge. 
This is why most published 𝛼 relations follow empirical 
formulations. In conclusion, a robust and accurate method to 
predicting the void fraction is still lacking and therefore warrants 
careful further study. 

The majority of the commented 49 correlations for the void 
fraction are mainly based on the so-called ‘flow’ quality, or mass 
dryness fraction [3], which is defined as the ratio of mass flow 
rate of vapour to the total flow rate.  Unfortunately, there is no 
direct connection between the measured void fraction data and 
such mass dryness fraction. Therefore, accurate predictions of 
void fraction requires of appropriate relations for flow quality as 
well [2]. 

The starting point of the new void fraction model presented 
here was suggested by the author some years ago i.e., to work 
with the well-known ‘static’ or thermodynamic quality [3], 𝑥, to 
pose a new heat balance [4-7], where  𝑥 is defined as: 

	𝑥 = +,-
+,-.(01+),3

= +,-
,4

  (1)  

and 𝜌5 is the vapour (G)-liquid (L) mixture density. 
The justification is that such quality does have a direct 

connection, Eq. (1), with the measured void fraction. 
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In order to search a new heat balance based on 𝑥, mixture 
properties based on such quality have been already formulated 
[4-7]. In particular, the mixture density 𝜌5, defined in Eq. (1), 
and the mixture enthalpy, ℎ5, which is given by, 

ℎ5 = 𝑥ℎ6 + (1 − 𝑥)ℎ:     (2)   

 A brand new heat balance including the above mixture 
enthalpy has been already presented elsewhere [4-7], 

;<"=
->
∆@4

= AB
∆@4

~𝑆			 → 				 F@4
FB

~A
G
    (3)     

where 𝑞[𝑘𝐽 𝑘𝑔	𝑚⁄ ] is the uniform heat per unit inlet mass 
and per unit length and ∆ℎ5	[𝑘𝐽 𝑘𝑔⁄ ] is the mixture enthalpy 
increment between the inlet and some point located at 𝑧 (axial 
distance from the inlet). Finally, 𝑆 is the vapour-liquid velocity 
ratio, or slip ratio, given by 

𝑆	 = P-
P3

       (4)   

where 𝑢6 and 𝑢:, are the cross-sectional average of the 
vapour velocity and the cross-sectional average of the liquid 
velocity, respectively.  

A brand new mass balance [4-7], coherent with the above 
new heat balance, would be 

𝑊:,T =
U-
G
+𝑊: = 	

,-P-+V
P- P3⁄ + 𝜌:𝑢:(1− 𝛼)𝐴 = 𝜌5𝑢:𝐴 (5)   

where 𝑊:,T is the subcooled water inlet mass flow rate whereas  
𝑊6 and 𝑊:  are the vapour and liquid ones, respectively. 

In Eqs. (3) and (5), the time reference is that of liquid phase, 
which is the continuous phase, whereas vapour is the dispersed 
phase. Point out that phase velocities are different each other but 
the control volume length i.e., the tube length, is the same for 
both phases. Therefore, the slip ratio would act as a time scale 
change factor. In Eq. (3), the heat would enter into the liquid-
vapour mixture through condensing bubbles, with the vapour 
time reference, then the heat flux appears divided by the slip 
ratio. 

These new mass and heat balances have been already 
checked against accurate void fraction data several times [4-7]. 
Such comparisons have merely calculated the mixture enthalpy 
profiles, Eq. (2), which include the void fraction data, Eq. (1), 
and then, following Eq. (3), derived the corresponding slip ratio 
profile.  

Clearly, the objective was to predict such slip ratio from the 
operating conditions, since reversing the process we could 
calculate the mixture enthalpy from the heat balance and then the 
desired void fraction from Eq. (1)-(2). 

For subcooled flow boiling tests measured by MPI [8], it has 
been possible to fit good reproductions [7] of the slip ratio profile 
varying only two key slip ratio values namely, the slip ratio just 
at saturation point, 𝑆0,XYZ , and a constant slip along the saturation 
zone, 𝑆[. The location of the point of net vapour generation 
(NVG) [1-2, 8] was also varied to improve the fitting. 

Although it was clearly shown [7] that higher the accuracy 
of the slip ratio prediction higher the calculated void fraction 
accuracy, we do not know yet how to calculate the slip ratio 
profile from the inlet conditions. 

In this work, the options to calculate such key slip ratio 
values, now based on first principles, in addition to estimate 
significant locations [1-2] as the onset of nuclear boiling (ONB) 
and the NVG (thus to predict the void fraction) are explored. 

The new void fraction modelling is assessed against eight 
out of twenty-four axial void fraction profile tests reported by 
MPI in [8] for water entering a vertical uniformly heated tube of 
12 mm diameter at high pressure and subcooling. The volumetric 
steam content 𝛼 was determined by penetrating 𝛾-radiation 
whose maximum absolute error did not exceed ±	4% [8]. 

As can be seen in Table 1, the selected tests for this work 
have different operational conditions from each other. 

 
# pi  

(MPa) 
G 

(kg/m2s) 
q” 

(MW/m2) 
DTsub 

(ºC) 
zONB zNVG aNVG 

1-3 6,84 961 1,13 91,4 0,6 0,8 0,065 
2a-1 6,81 998 0,44 36,1 0,22 0,88 0,015 
2a-5 7,01 996 1,98 125 0,45 0,72 0,17 
3a-1 6,89 405 0,79 137 0,6 0,72 0,1 
3b-1 11,02 503 0,99 97,4 0,38 0,52 0,1 
3b-2 10,81 966 1,13 87,9 0,64 0,83 0,06 
3b-3 10,81 1554 1,16 26,9 0,02 0,02 0,025 
3b-4 10,84 1959 1,13 27,1 0,23 0,40 0,01 

Table 1 Operational conditions of the analysed void 
fraction tests [7-8] 

NEW HEAT BALANCE FUNCTION OF THE SLIP RATIO 
To explain the new void fraction modelling, it is applied in 

detail to the first test in Table 1, the so-called test 1-3 in [7]. 
Figure 1a shows the measured void fractions (circles) 

reported in [8], the calculated void fraction profile (bold line) 
suggested in this work, which will be explained below, and the 
locations for the ONB and the NVG. These locations have been 
found by trial and error to best fitting the model to data.  

 
Figure 1a Void fraction profile 𝛼 for test 1-3 MPI [8] 

 
Data Reduction 

Figure 1b shows the corresponding mixture enthalpy profile 
(circles) based on the measured void fraction. Such enthalpy 
calculation, which is based on Eq. (1)-(2), is as follows. 
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First, we assume a constant pressure along the channel equal 
to the inlet pressure. For the liquid enthalpy along the subcooled 
region in Eq. (2), ℎ:(𝑧), the standard approach [1] of considering 
practically equal to the ‘flow’ mixture enthalpy is assumed,  

ℎ:(𝑧) ≈ 𝑞𝑧 + ℎ:,T → 		 ℎa = 𝑞𝑧XYZ + ℎ:,T		  (6)   

Where ℎ:,T is the subcooled liquid enthalpy at the input 
conditions and ℎa the saturated liquid enthalpy. So, the axial 
location of the saturation point, 𝑧XYZ , can be easily calculated. 

 

 
Figure 2b Mixture enthalpy profile 𝒉𝒎 for test 1-3 MPI [8] 

Saturation properties of the liquid and vapour have been 
read in thermodynamic tables entering with inlet pressure, and 
the subcooled liquid properties have been also read in tables with 
the inlet pressure and the above liquid enthalpy, Eq. (6).  

Finally, the local mixture density in Eq. (1) is calculated 
from the void fraction data and the above commented 
thermodynamic properties thus, from Eq. (1), the quality is 
obtained and then, from Eq. (2), the ‘measured’ mixture 
enthalpy, see circles in Figure 1b. 

Now, the 𝑆 profile for test 1-3 could be calculated from the 
new heat balance, Eq. (3), relating the mixture enthalpy 
increment along a tube interval with the heat applied and the 
interval length.   
In this proposal, at difference from preliminary works [7] and 
following standard procedures [2], the subcooled flow boiling is 
divided into four zones, see Figure 1b. The first one, at the 
beginning of the tube, is subcooled liquid only, so 𝑆 = 1. The 
partially subcooled boiling zone starts at the Onset of Nuclear 
Boiling (ONB) [2], when some steady bubbles arise, and finishes 
at the NVG [2] at the beginning of the fully subcooled boiling 
zone. Finally, the fully subcooled zone ends when the liquid 
reaches saturation. Hence, we should analyse the slip ratio 
evolution along the last three zones. Highlight that the slip ratio 
profile should follow the enthalpy slope changes between the 
different zones in order to fulfill the new heat balance, see Figure 
1b. 
  
Slip ratio in the partially subcooled flow boiling zone, 𝐒𝟎 

For the partially subcooled flow boiling zone i.e., from the 
ONB until the NVG, see Figure 1b, the slip ratio in this region, 

denoted by 𝑆f, is calculated through a modified expression of the 
new heat balance, Eq. (3), 

ℎ5(𝑧) =
A

Gg(B)
(𝑧 − 𝑧hij) + ℎ:,hij → 𝑆f(𝑧) ≈

A(B1Bklm)
@4(B)1@3,klm

 (7)     

Comment that, following standard procedures [1-2], it is 
assumed that there is only liquid at 𝑧hij . After the ONB point, 
there is a steady although slowly growing steam content. 
Therefore, the corresponding slip ratio should be set to a value 
lower than 1, so that the mixture enthalpy be greater than that of 
the liquid alone. 

In Eq. (7), it is clear that the slip ratio calculation actually 
supplies an average of the 𝑆 values from the ONB until the 
specific axial location z in this zero zone. This averaging 
mitigates the measure dispersion and eases trend assessment. 

As we will see later for the following zone, the reference to 
establish the averages will be changed to the NVG point. This is 
an improvement in relation to previous works [7], in which the 
slip average was calculated just from the tube inlet (𝑧 = 0) until 
𝑧 along all the subcooled flow boiling region (from the inlet until 
saturation). 

Therefore, the last enthalpy of this partially subcooled zone 
corresponds with that of the NVG point, ℎ5,io6, that is, 

ℎ5,io6 =
A

Gg(Blp-)
(𝑧io6 − 𝑧hij) +	ℎ:,hij  (8)   

Logically, to preserve enthalpy continuity, this enthalpy 
should also be the first value for the following zone i.e., the fully 
subcooled one. 
 
Slip ratio in the fully subcooled flow boiling zone, 𝐒𝟏 

This zone ranges from the NVG until saturation, Figure 1b. 
Again, the slip ratio 𝑆0(𝑧) is an average from the NVG point until 
the specific axial location and calculated from the new heat 
balance, 

ℎ5(𝑧) =
A

Gr(B)
(𝑧 − 𝑧io6) +	ℎ5,io6 →	 𝑆0(𝑧) ≈

A(B1Blp-)
@4(B)1@4,lp-

 (9)   

Clearly, after reaching saturation, the new reference for the 
averages of the slip ratio will be the saturation point (𝑧XYZ). Now, 
it is necessary to obtain the mixture enthalpy at saturation, 
ℎ5,XYZ , which is the last point of this zone but also the first value 
of the following bulk zone, 

ℎ5,XYZ =
A

Gr(Bstu)
(𝑧XYZ − 𝑧io6) +	ℎ5,io6  (10)   

Remember that one of the key variables of the model is the 
slip ratio just at saturation, which previously has been denoted as 
𝑆0,XYZ . Here,   

𝑆0,XYZ = 𝑆0(𝑧XYZ).     (11)   

 
Slip ratio in the bulk (saturation) flow boiling zone, 𝐒𝟐 

The bulk flow boiling zone starts after the saturation point, 
see Fig.1. Once again, the averaged slip ratio 𝑆[(𝑧) is calculated 
through the new heat balance, Eq. (6), 

ℎ5(𝑧) =
A

Gw(B)
(𝑧 − 𝑧XYZ) +	ℎ5,XYZ → 𝑆[(𝑧) ≈

A(B1Bstu)
@4(B)1@4,stu

 (12)   
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A VOID FRACTION MODEL WITH FIVE PARAMETERS  
Figure 1c shows the slip ratio profile calculated (blue points) 

through the ‘measured’ enthalpies (measured void fraction) 
following the above procedure of averaging by zones. 

Notice that there are three discontinuities namely, at the ONB 
point where the boiling commences, at the NVG point where the 
void fraction starts to grow faster, and at saturation. As we will 
comment later, these discontinuities are undertaken by the 
vapour (the disperse phase). The liquid phase is the continuous 
phase, the liquid time scale is the reference and, as we will see 
later, the liquid velocity continuity is the key for the prediction 
of the slip ratio. 

 
Figure 3c Slip ratio profile 𝑺 for test 1-3 MPI [7] 

Moreover, as a first approximation, it is considered that the 
slip ratio along the partially subcooled flow (ONB-NVG zone) 
is practically constant. That is,  

𝑆f(𝑧) ≈ 𝑆io6      (13)  

On the other hand, it has been checked that the slip ratio along 
fully subcooled flow is practically linear and a direct function of 
𝑆0,XYZ , see slashed red line from 𝑧XYZ  to 𝑧 = 0 in Figure 1c, thus, 

𝑆0(𝑧) ≈ 1 + Gr,stu10
Bstu

𝑧     (14)  

Finally, it was found [7] that the constancy of 𝑆[ along 
saturation supplies good predictions of the void fraction in this 
zone in spite of the saw tooth profile of 𝑆[(𝑧). 

Therefore, from the above slip ratio analysis, in addition to 
the operating conditions, the five necessary and sufficient 
parameters to calculate the new slip ratio profile are: the location 
of the ONB (𝑧hij), the location of the NVG and its void fraction 
content 𝛼io6, the slip ratio just at saturation, 𝑆0,XYZ , and the 
constant slip ratio along saturation, 𝑆[.   

In conclusion, if we were able to find five equations to 
calculate the above five parameters, which define 𝑆(𝑧), we could 
derive the mixture enthalpy profile from the above new heat 
balances, Eq. (7)-(12), and finally to predict the searched void 
fraction profile from Eq. (1)-(2). 

Following are two relations between 𝑆0,XYZ  and 𝑆[, based on 
fluid kinematics. Assuming as input the other three parameters 
of the model, these two kinematic equations allow to calculate 

two unknowns i.e., 𝑆0,XYZ and 𝑆[, then the desired void fraction 
profile. Figure 1a shows the calculated void fraction, in bold line, 
using such calculated slips. Regarding 𝑧hij , 𝑧io6 and 𝛼io6, 
they have been merely varied to best fit the measured void 
fraction data. Their best fittings values are shown in Figure 1a. 

 
Continuity of the first derivative of the liquid velocity 

It has been found that the continuity of the first derivative of 
the mixture specific volume 𝑣5 just at saturation, jumping from 
subcooled to bulk flow, establishes a first equation between 
𝑆0,XYZ  and 𝑆[. 

The justification is based on liquid kinematics continuity. 
Point out that the new mass balance proposed is, see Eq. (5), 
𝐺𝑣5 = 𝑢:, where G [kg/m2s] is the steady mass flux and 𝑣5 is 
the mixture specific volume, which is just the inverse of the 
mixture density, 

𝑣5 = +	,-
,4

𝑣6 +
(01+)	,3

,4
𝑣: = 𝑥𝑣6 + (1 − 𝑥)𝑣: (15) 

Therefore, the first derivative continuity of 𝑣5 is equivalent 
to the continuity of the first derivative of the liquid mean 
velocity, 𝑢:, which is the representative velocity of the mixture. 
Highlight that classic kinematics [9] assumes continuity of 
motion equations and their derivatives, and also it is usual to 
suppose continuity up to third order derivatives. 

Therefore, the first relation between 𝑆0,XYZ  and 𝑆[ states the 
continuity of the first derivative of the liquid velocity just at 
saturation point, in which the thermodynamic behaviour of the 
liquid suffers an abrupt change of behaviour from the fully 
subcooled liquid zone (subscript 1) to saturated one (subscript 
2). Therefore, based on the new mass balance, Eq. (5), the 
continuity at saturation of the first derivative is 

𝑢:0z (𝑧XYZ) = 𝑢:[z (𝑧XYZ) 	→ 	𝑣50z (𝑧XYZ) = 𝑣5[z (𝑧XYZ) (16) 

where the prime symbol denotes the first derivative respect 
to the axial coordinate 𝑧, subscript 1 means tending to 𝑧XYZ  from 
subcooling and subscript 2 denotes tending to saturation point 
from the bulk zone.   

The first derivative of the mixture specific volume can be 
easily related to the new heat balance by means of 𝑥, which also 
appears in the mixture enthalpy definition, see Eq.(2). 

Developing Eq. (15) for the subcooled zone, 

   𝑣50 = 𝑥𝑣6 + (1− 𝑥)𝑣: → 𝑣50z = 𝑥0z (𝑣6 − 𝑣:) + (1 − 𝑥)𝑣′:			(17) 

Notice that 𝑣: varies with temperature along subcooling only. 
In the bulk zone, 𝑣:	becomes 𝑣a, the saturated liquid specific 
volume, with a constant value while the pressure is constant.  

Now, the first derivative of the thermodynamic quality, 𝑥, 
along zone 1 can be readily found from the new heat balance. 
First, the quality is derived from Eq. (2) then the first derivative 
of the mixture enthalpy is performed following Eq. (9) 

𝑥0 =
@41@3
@-1@3

      (18) 

𝑥0z =
|@4} 1@3

} ~(@-1@3).@3
} (@41@3)

(@-1@3)w
= 𝑞

��r(=)��r
} |=�=lp-~

[�r(=)]w
10.��

(@-1@3)
(19) 
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where, from Eq.(6), ℎ:z = 𝑞. From Eq.(16), the first 
derivative of the subcooling quality evaluated at saturation is 
needed then 

𝑥0z (𝑧XYZ) = 𝑞
�
�r,stu��r

} |=stu�=lp-~

|�r,stu~
w 10.�stu�

(@-1@�)
  (20) 

From Eq. (14), 𝑆0z =
Gr,stu10
Bstu

.  
In Eq. (17), for calculating 𝑣′:, the volumetric coefficient of 

thermal expansion 𝛽	[1 𝐾⁄ ] is used, which is classically defined 
by the following relation  

𝛽 = −� 0
,3
� F,3
F�
		(at constant pressure p)  (21) 

This volumetric coefficient is supplied in many computer 
thermodynamic tables. Thus, in Eq. (21), the liquid density is 
substituted by the inverse of the liquid specific volume, 

𝛽 = � 0
�3
� F�3
F�

→ 	𝛽𝑣: =
F�3
FB

0

����=�
→ 𝑣′:0 = 	𝛽𝑣: �

F�
FB
�
0
(22) 

Next, for the first derivative of the temperature respect to the 
axial coordinate 𝑧, we combine the differential form notation of 
Eq. (6), and the definition of the liquid specific heat at constant 
pressure 𝑐�,:, function of the liquid temperature, also assuming a 
constant pressure process, 

𝑑ℎ: = 𝑞𝑑𝑧 = 𝑐�,:𝑑𝑇	 → 	 �
F�
FB
� = A

��,3
.   (23) 

Finally, the first derivative searched and its value at 
saturation are  

𝑣′:0 =
��3A
��,3

	→ 	𝑣′:0(𝑧XYZ) =
�(�,�stu)��A
��,3(�,�stu)

  (24) 

In conclusion, the first derivative of the mixture specific 
volume along fully subcooled boiling zone just at saturation is 

 𝑣′50(𝑧XYZ) = 𝑞 (�-1��)
(@-1@�)

�Gr,stu1Gr
}(Bstu1Blp-)

�Gr,stu�
w − 1 + 𝑥XYZ� +

																																											(1 − 𝑥XYZ)
�(�,�stu)��A
��,3(�,�stu)

  (25) 

 
Figure 4d Calculated 𝒗𝒎	for test 1-3 MPI [7] 

With regards to the derivative of v�	at bulk zone evaluated 
at z��  i.e., the right-hand-side of Eq. (16), 

Developing Eq. (15) for the bulk zone (along saturation), 

𝑣5[ = 𝑥[𝑣6 + (1 − 𝑥[)𝑣a → 𝑣5[z = 𝑥[z (𝑣6 − 𝑣a) (26) 

The first derivative of the thermodynamic quality, 𝑥, along 
bulk zone can be readily found from the new heat balance for 
bulk flow, Eq.(12) when 𝑆[ is now considered constant. First, the 
thermodynamic quality is derived, 

𝑥[ =
@41@�
@-1@�

      (27)   

Then, its derivation is performed, evaluated at 𝑧XYZ  and 
included in Eq. (27)  

𝑣5[z (𝑧XYZ) =
A
Gw

(�-1��)
(@-1@�)

.     (28) 

Therefore, the first relation between 𝑆0,XYZ  and 𝑆[ is given by 
equating Eq. (25) to Eq. (28). 

 
Vapour kinematics 

A second new relation between the ONB and 𝑆[ through the 
vapour velocity profile along bulk flow boiling has been found, 
see Figure 1e. 

 𝑢:(𝑧) is simply derived from the new mass balance, Eq.(5), 
provided we have already calculated the void fraction profile and 
the mixture specific volume.  

Now, the vapour velocity profile can be readily obtained 
from the vapour-liquid velocity ratio, or slip ratio, definition, Eq. 
(4). Then, along the saturation zone (subscript 2), 

𝑢6[ = 𝑢:[𝑆[ = 𝐺𝑣5[𝑆[ → 𝑢6[z = 𝐺𝑣5[z 𝑆[ = 𝐺𝑞 (�-1��)
(@-1@�)

  (29) 

where Eq. (28) has been included. Eq. (29) is the slope of the 
straight line corresponding to the vapour velocity profile along 
the bulk zone, see Figure 2e. 

Finally, the above 𝑢6[ slope is equated to that of the straight 
line that connects 𝑢6[with the ONB point, in which there is 
liquid only, suggested by Figure 2e. Thus, 

𝑢6[z = 𝐺𝑞 (�-1��)
(@-1@�)

= P-w(Bstu)1P3(Bklm)
Bklm1Bstu

= GwP3(Bstu)1P3(Bklm)
Bklm1Bstu

(30) 

 
Figure 5e Calculated 𝒖𝑳	and 𝒖𝑮 profiles for test 1-3 MPI [7] 
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SOME RESULTS 
Provided we know the inlet conditions (mass flow rate, heat 

flux, inlet properties, etc.), the new void fraction model is based 
on five parameters that define the slip ratio profile thus the 
mixture enthalpy and finally the void fraction. 

Figure 2 shows the modelling of the remaining tests in Table 
1, which has followed the procedure explained above in detail 
for test 1-3.  

Figure 2 Measured (points) and calculated (lines) void fraction 
profiles for Table 1 tests [7-8] 

Highlight that, in this work as a first approach, it is assumed 
that the model parameters 𝑧hij , 𝑧io6 and 𝛼io6 are inputs to the 
calculation i.e., they are varied in order to fit the calculated void 
fraction profile to the measured one. The best fittings for each 
test are shown in Table 1. 

However, the brand new two kinematic equations i.e., Eq. 
(25) equated to Eq. (28), and Eq. (30), have allowed to calculate 
the two unknowns i.e., 𝑆0,XYZ  and 𝑆[, therefore an acceptable 
calculated void fraction profile, see Figures 1a and 2. 

In Figure 1b, with an uniform heat flux applied along the 
tube, the mixture enthalpy, ℎ5(𝑧), which is exclusively based on 
operating conditions, void data, and liquid and vapour enthalpies 
and densities, exhibits a strong change of slope in reaching 
saturation, which cannot be justified by standard balances. This 
change of slope, checked many times [4-7] by the author, would 
justify to explicitly include the mean vapour-liquid velocity 
ratio, or slip ratio, 𝑆 = 𝑢6 𝑢:⁄  dividing to the constant 𝑞 in the 
new heat balance in order to follow such slope changes of ℎ5. 

Moreover, remember that the inclusion of the slip ratio in 
the new heat balance was justified because it is proposed that 
heat basically enters the boiling flow through condensing 
bubbles with the vapour time reference. 

On the other hand, the continuity of the liquid velocity first 
derivative has to be fulfilled throughout the tube. In particular, at 
the saturation point, where there is a strong change of 
thermodynamic behaviour and properties. Therefore, there must 
be a strong change of the value of the slip ratio, in this test from 
𝑆0,XYZ = 0,7897 to 𝑆[ = 2.379, to counteract the 
thermodynamic changes and thus preserve mixture specific 
volume first derivative continuity (indeed, liquid velocity first 
derivative continuity), see Figure 1d.  

In conclusion, the suggested justification of the strong 
change of enthalpy slope profile reaching saturation is to 
preserve specific volume first derivative continuity. Definitely, 
the enthalpy profile is tightly connected to the mixture specific 
volume evolution through the slip ratios, which appear in the 
volume expressions by means of the thermodynamic quality. 

Remark that what we are actually seeing in Figure 1d is the 
continuity of the first derivative of the mixture specific volume. 
The motion equations [9] would require the continuity of the 
representative mixture velocity. Since the suggested new mass 
balance is 𝐺 = 𝑢: 𝑣5⁄  with G constant, the continuity of the 𝑣5 
first derivative should be equivalent to that of the liquid velocity. 
At least, the acceptable results about the calculated void fraction, 
see Figures 1a and 2, would support this new point of view. 
Furthermore, the second kinematic condition about the vapour 
velocity, directly derived from the new mass balance, and which 
is used in Figures 1a and 2, would also confirm the new 
proposals. 

Point out that we do not know yet how to calculate the ONB 
and the NVG points. However, it is thought that the onset of 
boiling (ONB) could be related to liquid and saturation 
temperatures of the fluid, and wall temperatures [1]. With 
regards to the NVG point it would be relevant a better approach 
to the slip ratio function along the partially subcooled flow 
boiling and, again, the application of liquid velocity first 
derivative continuity at the change between partially and fully 
boiling flow, which is just the location of the NVG. 

Clearly, these preliminary results must be taken with 
extreme care because not only much more tests have to be 
analysed but also the model should be completed. 
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ABSTRACT 

Here we design and optimize capillary flow networks to 

reach maximum flow rate. We develop a methodology allowing 

to distribute the entire flow volume within a designed pore 

network with the objective of sucking water from increasing 

number of inlets to one single outlet. We then extend the 

approach to the distribution of a large number of inlets to the 

same number of outlets. Next, vascular capillary networks are 

produced through random generations controlled by a general 

constraint. A new parameter, termed as Capillary Strength, is 

defined as a local indicator to guarantee the flow continuity in 

the network. The optimal diameter ratio in relation to Hess-

Murray’s law is discussed, that leads to maximum flow rate 

extraction. 

INTRODUCTION 

Passive water transportation by capillary pressure is a natural 

phenomenon that finds applications in many engineering 

domains [1–5], such as synthetic trees, transpiration cooling, 

solar evaporation, and so on. The movement of liquid requires 

no external driving force and, depending on the size of the flow 

network, is not affected by gravity. The objective of the work is 

to show how to connect a line of fluid sources to a single outlet 

with a network of constant volume. The only driving force is 

capillary suction and the network must be configured to ensure 

that the highest mass flow rate possible is extracted. First, the 

network is determined at a global scale following a deterministic 

approach for the location of the branching nodes. Second, the 

network is generated step by step allowing the branches of the 

network to be randomly connected. The commonalities between 

the two methodologies are as follows: the configuration is in 

steady state, the volume of fluid is fixed, the architecture of the 

network is obtained by dichotomy which means that only pairing 

configurations whether symmetrical or not are considered, the 

spacing between the inlets is a constant, and finally, the footprint 

of the network is ����� × ℎ (see Fig. 1).

NOMENCLATURE 

�� [Pa] Capillary strength ����� [m] Horizontal distance of the domain � [m] Distance between inlets 	 [
/�] Gravitational acceleration constant ℎ [m] Vertical distance of the domain 

� [m] length 
� [kg/s] Mass flow rate 
� [-] Nondimensional mass flow rate � [-] Inlet number � [Pa] Pressure  � [m] Radius � [
�] Volume  

Special characters � [°] Contact angle � [�/
] Surface tension � [�/
] Kinematic viscosity � [�	/
�] Density ∆�� [-] Nondimensional pressure loss 

ANALYSIS 

We start by considering a tube of length, �, height from inlet

to outlet, ℎ, and radius, �. The capillary-induced flow is assumed

to be laminar. In steady-state, the cylindrical channel is entirely 

filled with the fluid. The capillary pressure balances the gravity 

and friction losses as 2�� ��
� = 8�

# 
� ��$ + �	ℎ (1) 

where 
�  is the mass flow rate through the tube, � is the liquid-

air surface tension, � is the contact angle, and & is the kinematic

viscosity.  

The liquid flows through the network when the capillary 

pressure is greater than the resisting forces (due to gravity and 

friction). An example of a simple network with four inlet tubes 

and one outlet is shown in Figure 1.  

Equation (3) is used to obtain the mass flow rate through the 

channel. Yet, this equation only accounts for the capillary ability 

to pull the water out of the tube. Before reaching this steady state, 

the capillary pressure in the network needs to overcome friction 

and gravity to maintain continuous flow everywhere. We define 

the Capillary Strength (CS) as a deciding factor, as 

�� = ∆�'()*++(�, − ∆�.�(/*�, −0∆�1�*'�*�2 ≥ 0 (2) 

�� cannot be negative.

The entire network is designed by solving Eqs. (1) and (2) 

while maintaining the overall fluid volume constant.  

GLOBAL APPROACH 

For the sake of simplification, the network is symmetric 

with regard to a vertical line drawn through the outlet. In the 

example presented in Figure 1, the four inlets are separated from 
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each other by a constant distance. The radius of the tubes located 

in the same layer is assumed to be constant. Applying Eq. (1) to 

the present network from inlet 1 to outlet 3, we have: 2�� ��
�� = 8&

# 5
� 6 �6�6$ +
� � ����$7 + �	ℎ (3) 

Eq. (3) holds for the flow path from inlet 2 to outlet 3, as 2�� ��
�� = 8&

# 5
�  ��$ +
� � ����$7 + �	ℎ (4) 

Combining Eqs (3) and (4), we have 


� 6 �6�6$ = 
�  ��$ (5) 

Equation (5) is combined with the mass conservation, Eq. (6),  


� 6 +
�  = 
� � (6) 

and leads to 


� 6 = �6$��6$� + �$�6 
� � (7) 

Finally, Eq. (3) can be written as  


� � = 82�� ���� − �	ℎ9 #
8& 5

�6��6�$ + ��6$ +
����$7

:6
 (8) 

 

Figure 1 Dendritic network with four inlets. 

Continuing with the network in Figure 1 as an example, the 

maximum mass flow rate is obtained by solving Eq. (8) at 

constant volume, while Eqs (9) and (10) are satisfied in order to 

maintain the capillary strength positive.  

��6 = 2�� ��
�6 − �	ℎ6 − 8&

# 
� 6 �6�6$ ≥ 0 (9) 

�� = 2�� ��
� − �	ℎ6 − 8&

# 
�  ��$ ≥ 0 (10) 

 

When the volume of the whole network is fixed, the optimal 

combination of the radius ratio between layers and the 

connection location leads to the maximum mass flow rate. The 

vertical location of the connection is given by the height ratio 

between layers,  ℎ*/ℎ*;6 where < indicates the level of the layer. 

When the number of inlets � = 4 , the maximum number of 

layers is 2, and becomes 6 when � increases to 64. Searching for 

the maximum mass flow rate at constant volume and positive 

capillary strength, leads to obtaining all the geometrical features 

of the network: radius ratio, tube length and location of the 

connection. The search algorithm was developed in MATLAB 

and presented in detail in [6].  

 

The distance between inlets is identical for any given �, 

while ����� = ∑�  remains constant whatever the case. In the 

example presented here, we have ����� = 2	�
 , ℎ = 1	�
 , 

while the fluid volume is � = 1.55 × 10:C�
� . The optimal 

capillary networks are shown in Figure 2 as a function of the 

vertical position of the connection node. 

 ℎ*/ℎ*;6 � = 4 � = 8 

0.25 

  

0.5 

  

1 

  

2 

  ℎ*/ℎ*;6 � = 16 � = 32 

0.25 

  

0.5 

  

s1 

  

2 

  

Figure 2 Capillary networks generated with the global 

approach for maximum mass flow rate [6]. 

The radius ratio of the mother and daughter tubes is 

presented in Table 1. The radius ratio is around 0.79 except in 

the vicinity of the outlet. The value agrees with Hess-Murray’s 

law [7–10] which states that for symmetrical networks the radius 

ratio between mother and daughter tubes should be 2-1/3 provided 

the flow regime is laminar. This result indicates that the design 

criterium is provided by the search for minimum friction losses, 

which is the criterium leading to the Hess-Marry’s law result. 

This is true until reaching the outlet where the radius ratio 

increases beyond the Hess-Muray value in order to satisfy the 

positive Capillary Strength requirement to pull the fluid out by 

capillary suction. This result is obtained regardless the number 

of inlets connecting the outlet.  
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Table 1 Radius ratio of the mother and daughter channels.  

ℎ*/ℎ*;6  � = 4 � = 8 � = 16 � = 32 � = 64 

0.25 

�+(,F�6�+(,F� 0.8045 0.7186 0.7140 0.7237 0.7108 

�+(,F��+(,F��  0.8464 0.7470 0.7222 0.7491 

�+(,F���+(,F�$   0.8503 0.7663 0.7342 

�+(,F�$�+(,F�C    0.8521 0.7598 

�+(,F�C�+(,F�G     0.8549 

0.5 

�+(,F�6�+(,F� 0.8431 0.7888 0.7864 0.7917 0.7900 

�+(,F��+(,F��  0.8738 0.7865 0.7916 0.7905 

�+(,F���+(,F�$   0.8850 0.7905 0.7935 

�+(,F�$�+(,F�C    0.8910 0.7900 

�+(,F�C�+(,F�G     0.8948 

1 

�+(,F�6�+(,F� 0.8768 0.7944 0.7956 0.7949 0.7942 

�+(,F��+(,F��  0.9375 0.7949 0.7958 0.7949 

�+(,F���+(,F�$   0.9983 0.7951 0.7960 

�+(,F�$�+(,F�C    1.0666 0.7954 

�+(,F�C�+(,F�G     1.1417 

2 

�+(,F�6�+(,F� 0.9251 0.7956 0.7962 0.7957 0.7944 

�+(,F��+(,F��  1.1164 0.8307 0.7975 0.7975 

�+(,F���+(,F�$   1.3498 1.0612 0.9736 

�+(,F�$�+(,F�C    1.3394 1.1268 

�+(,F�C�+(,F�G     1.3293 

 

The mass flow rate and pressure losses due to friction are 

compared to the case of a radial capillary network under the same 

volume constraint. In a radial capillary network, the inlets are 

directly connected to the outlet, and the radius is the same for all 

channels. Figure 3 shows the non-dimensional mass flow rate 

and pressure losses. The solid line represents the result of the 

dendritic networks with different inlet number and height ratios. 

There is no design opportunity in the radial networks, and this 

leads to the single value of 
�  for different �. This is indicated 

with the dotted lines. The same color of the line represents results 

for the same number of inlets �. The dendritic network with the 

smallest height ratio and fewer inlets (i.e. shortest inlet tubes and 

longest outlet channels) results in a higher maximum mass flow 

rate (Figure 3 (a)). Recall that the total fluid volume is constant 

in all the cases. The mass flow rate decreases with the increases 

of inlet number or with the increases of the height ratio since the 

pressure losses are increasing (Figure 3 (b)). Overall the 

dendritic network leads to higher mass flow rates than the radial 

configuration when the height ratio is smaller than 1.  

When comparing the different terms of Eq. (1), it was 

noticed that the gravity component is systematically one order of 

magnitude lower than the friction component. Therefore for the 

rest of the paper, the gravity term was neglected. 

 
(a) 

 
(b) 

Figure 3 Non-dimensional mass flow rate and pressure losses 

of dendritic and radial networks at constant fluid volume. 

 

STEP-BY-STEP APPROACH 

In this approach, the starting assumptions are the same as in 

the previous one. We continue to keep the plane of symmetry 

passing through the outlet. We assume that the inlet radius may 

vary from one inlet to the other one while the inlet mass flow rate 

is a constant for a given number of inlets. The construction of the 

network is not based on symmetrical pairings anymore. 

Therefore the relationship between a mother channel and its two 

daughter channels is described by  

�H��IF�J = �+F1�	K(L.I�F�J + ��*.I�	K(L.I�F�J
 (11) 

The exponent M is set to constant value of 3, which means 

that we force the network to obey Hess-Murray’s law at every 

connection [7–10]. The generation process starts by randomly 
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generating the first node to create the first channel by connecting 

this node to the outlet. Next, another node is randomly generated 

and that node is connected to the middle of all the channels in its 

vicinity. At every connection, Eq. (1) is solved, and the radius 

and lengths of the ducts are changed for constant overall fluid 

volume, while fulfilling Eq. (11) in the search for the maximum 

mass flow rate. The network is hence generated step by step until 

connecting the inlets to the outlet. The algorithm that allows 

creating such architecture is inspired by the Constrained 

Constructive Optimization (CCO) algorithm [11,12].  

The networks constructed step-by-step are shown in Figure 

4. While the location of the connecting nodes was a degree of 

freedom, we note that the overall shape of the networks, 

regardless of the number of inlets to be connected, resembles the 

shape obtained in the global approach. Namely, the preferred 

architectures have shorter branches at the inlet of the network 

and longer ones close to the outlet. It is also noticeable that the 

most efficient networks morph into a rearrangement of the inlet 

branches different from the one corresponding to symmetrical 

dichotomy when away from the symmetry plane that passes by 

the outlet. 

Because each network is created based on the random 

location of the connection nodes, the generation of each network 

is repeated 5 times for every different inlet number, and its 

maximum mass flow rate and friction losses are compared to the 

other equivalent networks. The results are presented in Figure 5 

in a non-dimensional way. As � increases, some fluctuations in 

the results are observed, oscillating around average values 

reported in Figure 6.  

 
(a) � = 4 

 
(b) � = 8 

 
(c) � = 16 

 
(d) � = 32 

 
(e) � = 64 

Figure 4 Step-by-step generated capillary networks for 

maximum mass flow rate. 

 

(a) Mass flow rate 
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(b) Pressure difference due to friction 

Figure 5 Non-dimensional maximum mass flow rate and 

friction losses obtained when generating 5 times each network 

(step-by-step method) 

Figure 6 shows the average non-dimensional mass flow rate 

and friction losses as a function of the number of inlets. While 

the overall fluid volume is constant, the maximum mass flow rate 

pumped by capillary suction decreases with the number of inlets 

and the corresponding overall pressure losses due to friction 

increase. Nevertheless, the change of slope tends to decrease 

with the highest number of inlets showing that the network 

performance becomes relatively insensitive to the complexity of 

the network above a certain value.  

We show in Figure 7 the growth of a network with the step-

by-step method. We chose the case N = 8. After the generation 

of the first channel, see how the connection next node changes 

immediately the network architecture. At every step, the 

geometrical details are recalculated to obtain the configuration 

with maximum mass flow rate, until the network is entirely 

constructed. 

 

 

Figure 6 Mass flow rate and pressure losses in relation to N 

(step-by-step method) 

 

 
(a) 

 
(b) 

 
(c) 

 
(d) 

Figure 7 Generation of N=8 network using Step-by-step 

method where the generation progress from (a) to (d) 

 

A closer look at the case � = 4, indicates that the global 

approach tends to lead to superior mass flow rates whatever the 

height ratio range, even though the starting assumptions are 

slightly different (constant inlet radius in one case, constant inlet 

mass flow rate in the other case). Indeed, 
� .+�N(+	())��('I 
� O�F):N,:O�F)	())��('I⁄ = 1.157. The step-by-

step network is shown in Figure 4(a) has a similar structure (two 

layers) as the one generated with the global approach. The height 

ratio that corresponds to the configuration of the step-by-step 

approach ( � = 4  network) is 0.5043. The height ratios 

considered in the global methodology include 0.5 which 

provides an opportunity to investigate and compare the networks 
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in detail. The radius ratio, length ratio, mass flow rate ratio, and 

pressure change ratio are shown in Table 2. The numbering of 

the channels is provided in Figure 1. Eqs. (3)and (4) can be 

expressed as,  2�� ��
�� ~ ST�6/��UT
� 6/
� �UT�6/��U$ + 1V
� � ����� (12) 

2�� ��
�� ~ ST�/��UT
� /
� �UT�/��U$ + 1V
� � ����� (13) 

 

The 
T+W/+XUTH� W/H� XU

T�W/�XUY  for both < = 1, 2  are smaller in the global 

approach network, resulting in a higher 
� �  while ��/���  are 

similar for both methods. As �  increases, the step-by-step 

approach shows better results in the higher height ratio range, 

namely from 1 to 2.  

In the global approach, the radius ratio is higher than Hess-

Murray’s Law in the layer adjacent to the outlet layer resulting 

in a higher mass flow rate than in the other approach as the step-

by-step generated networks obey Hess-Muarry’s law 

everywhere. As the inlet number increase, friction increases 

drastically while the height ratio increases. In such a case, the 

step-by-step generated network with less complexity in the 

hierarchical structure (Figure 4 (c)-(e)) allows to obtain higher 

mass flow rates.  

 

Table 2 The detailed comparison of the networks with [ = \ 

generated by the two approaches 

 
� � 
�  �6/�� �/�� �6/�� �/�� 
� 6/
� � 
� /
� � 

Global 0.84 0.45 1.01 0.69 0.31 

Step-

by-step 
0.72 0.86 0.44 0.89 0.50 

 
∆� ∆�6/T	∆�6 + ∆��U ∆��/	T	∆�6 + ∆��U 

Global 0.38 0.62 

Step-

by-step 
0.45 0.55 

 

CONCLUSION  

In this work, we developed two methods to design capillary 

flow structures for extracting the highest mass flow rate possible 

at a fixed distance from a line of sources, while maintaining the 

fluid volume constant. We learned from the two approaches that 

the geometrical details of the network must be morphed to 

maintain a capillary strength high enough to allow steady flow 

to be maintained and increase the mass flow rate. The obtained 

structures share common features: they are dendritic, and they 

follow the Hess-Murray’s law (except close to the outlet when 

allowed to change the diameter ratio). Increasing the complexity 

of the network, when the domain of implementation is fixed, 

leads to reduced performance. Nevertheless, the impact of this 

choice becomes less and less significant. 
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ABSTRACT 
When placed on a superhydrophobic surface, a fakir drop 

exhibits a large apparent contact angle due to its quasi-spherical 

shape and flattened bottom. However, due to the effect of 

evaporation, such a drop undergoes a wetting transition from 

Cassie-Baxter to Wenzel state and exhibits a sharp decrease in 

contact angle. This study experimentally investigates the 

wetting behavior of fakir drop on different microstructured 

superhydrophobic surfaces. Diamond-like carbon was 

introduced as a novel substrate material, and the influence of 

varying micropillars’ width, height, and pitch on wetting 

transition was assessed. The results showed that different 

evaporation modes appeared during the wetting transition, 

which was strongly influenced by the interfacial properties of 

the substrate. Also, it was observed that the ability of a 

superhydrophobic surface to resist the Cassie-Baxter to Wenzel 

transition was strongly dependent on the micropillars’ pitch-to-

width ratio and height. Finally, a numerical model was 

constructed in Surface Evolver to compute the deflection of the 

drop bottom meniscus during the evaporation process for 

different geometrical configurations of the micropillars.     

INTRODUCTION 
Wetting of the substrate is highly desirable in many 

engineering applications, including printing, painting, coating, 

and microfluidic flow measurement. However, several other 

applications require a surface on which a fakir drop can remain 

in the Cassie-Baxter state for a longer duration. For example, to 

maintain dropwise condensation on the surface of a condenser 

tube bundle or to remove condensed dew and suppress ice 

formation on the evaporator coil assembly, maintaining the 

Cassie-Baxter state of the drops is essential. Therefore, 

considerable efforts [1] have been made in the last decade to 

understand the wetting transition of evaporating drops.  

To date, two fundamental mechanisms (i.e., “depinning” 

impalement and “sagging” or “touch down” impalement) have 

been reported in the literature [2] to elucidate the Cassie-Baxter 

to Wenzel transition of evaporating drop on a microstructured 

superhydrophobic surface (SHS) (Figure 1). Furthermore, 

distinctive evaporation modes such as constant contact line 

(CCL), constant contact angle (CCA), or a mixed mode may 

appear during the wetting transition of water drop on SHS [3]. 

The appearance of such modes is influenced by the interfacial 

properties of SHS and plays a crucial role in determining the 

transition behavior. Although significant efforts have been 

devoted, a fundamental understanding of these phenomena 

remains elusive. Therefore, in this study, we investigate further 

how interfacial properties influence the appearance of various 

evaporation modes during Cassie-Baxter to Wenzel transition 

on diamond-like carbon (DLC) based SHS by varying the pillar 

geometry. In addition, a simple numerical model was built in 

Surface Evolver (SE) (an open-source surface modeler) to 

predict the deflection of drop bottom meniscus while the 

contact line (CL) of the drop remains pinned with four corner 

pillars. Numerically predicted deflections were then compared 

with experimental observations to confirm the validity of the 

SE model. The outcome of this study will further enhance the 

current understanding of the wetting transition of evaporating 

drop on SHS.  

Figure 1 Illustration of wetting transition via “depinning” 

and “sag” or “touchdown” impalement. 
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SURFACE FABRICATION AND CHARACTERIZATION  
The DLC-based SHS for this study was fabricated in a 

cleanroom facility (Takeda cleanroom) located at the University 

of Tokyo. A total of eight major fabrication steps were 

performed, as shown in Figure 2. In addition, several 

intermediate cleaning steps (with acetone, ethanol, and 

ultrasonic bath) were performed when necessary. Appropriate 

recipes were developed for Cl2 and O2 plasma etching, and 

process parameters were adjusted to obtain the desired pillar 

height. Desired pillar width and pitch were specified in the 

layout file used in the electron beam lithography.  

SHS with four distinct micropillar geometries were 

designed and fabricated. The surfaces are designated as 3-9-6, 

3-15-3, 3-15-6, and 25-75-8 according to the micropillar’s 

width (w), pitch (p) (center to center distance), and height (h). 

Dimensions of the pillars were confirmed by SEM. 45-degree 

tilted SEM images of the surfaces are shown in Figure 3. The 

surfaces were characterized in terms of static contact angle 

(C.A.), contact angle hysteresis (CAH), and roll-off angle. 

These angles were measured by a commercial contact angle 

measuring device DMo-501 (Kyowa Interface, Japan).  

Drop volume for static and roll-off angle measurements 

was, respectively, 2.25±0.67 µl and 2.47±0.41 µl. Small 

microliter droplets were generated using a syringe pump 

(Harvard Apparatus) and needle (Hamilton REF. 90031) 

connected via a Teflon tube. The tangent method was used to 

measure the C.A., and the tilting plate method (at a speed 0.5 

degrees/sec.) was used to determine the roll-off angle. The 

measurements were recorded by a commercial image 

processing software FAMAS 5.5 provided with the DMo-501. 

All the measurements were repeated 3 to 5 times to determine 

the uncertainty of the data. The measurement results are 

tabulated in Table 1.  

Table 1 Characterization of DLC based SHS 

Surface Static C.A. CAH Roll-off Angle 

3-9-6 158.63±1.21 19.23±1.65 13.33±1.15 

3-15-3 161.12±0.80 14.96±2.25 10.16±2.08 

3-15-6 157.66±1.17 8.80±1.30 4.00±0.50 

12-75-8 158.14±2.21 28.80±1.69 22.00±1.41 

 
EXPERIMENT SETUP AND PROCEDURE  

A State-of-the-art experiment facility (Figure 4) was 

assembled at Daiguji and Hsu Lab. at the University of Tokyo 

to perform wetting transition experiments. The facility 

consisted of the latest sCMOS camera (Zyla 5.5, Andor-Oxford 

Instruments) to obtain the lateral view of the drop and a high-

resolution microscope (Olympus DSX 1000) to obtain the top 

view of the drop during evaporation. The lateral and top views 

of evaporating drops were recorded at 10 fps and 1 fps, 

respectively.  

At first, a small droplet was generated through the syringe 

pump and gently placed on the SHS. Then the drop was left to 

evaporate in room condition (20-40% RH and 20-25 oC), and 

images were recorded from the side and the top. Finally, an in-

house image processing code was developed in Matlab to 

obtain C.A., contact area (CL), and drop diameter from the 

recorded data. 

 

Figure 2 Fabrication steps of DLC based SHS performed at 

Takeda cleanroom at the University of Tokyo  

 

Figure 3 45-degree SEM images of different surfaces 
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Figure 4 Wetting transition experiment setup at Daiguji and 

Hsu Lab. at the University of Tokyo 

 
RESULTS AND DISCUSSION 

Process of wetting transition: First, we elucidate the 

process of wetting transition on the surface 3-15-3 through the 

recorded snapshots of the evaporating drop from the top and 

side (Figure 5). At the inauguration of the wetting experiment, 

the drop looked circular from the top (Figure 5(a)), maintained 

a spherical shape, and exhibited a small contact area between 

the drop and the substrate (Figure 5(d)). However, as the time 

passed, the drop evaporated and became smaller. Consequently, 

the Laplace pressure increased at the air-water interface. Before 

the transition took place, the contact line was permanently 

pinned to the substrate, and finger-like spikes were formed at 

the drop periphery (Figure 5(b)). The drop also lost its 

spherical shape at this stage, the contact area with the substrate 

increased, and the contact angle decreased significantly (Figure 

5(e)). However, complete wetting within the micropillars did 

not occur yet. Figure 5(c) shows the traces left on the surface 

after the drop is completely evaporated. A coffee ring effect 

was observed on the surface after the drop was completely 

evaporated. Figure 5(f) corresponds to the lateral view at the 

moment when the micropillars were completely wetted.  

Evaporation dynamics: Next, we discuss the evaporation 

dynamics and the appearance of distinct evaporation modes 

during the transition process on different surfaces, which was 

strongly influenced by the geometry of the micropillars. 

 Surface 3-9-6: On all four surfaces, initially, the 

evaporation was inaugurated in constant contact radius (CCR) 

mode (i.e., CL remained constant, but C.A. decreased with 

time). After the initial CCR period, on surface 3-9-6, 

evaporation switched to constant contact angle (CCA) mode at 

around 400 sec. (Figure 6(a)) (i.e., CL continued to decrease 

with time, but C.A. remained constant).  CCA mode continued 

up to slightly over 900 sec., and transition started afterward 

with a sharp decrease in both CL and C.A. 

 

 

Figure 5 Snapshots of the evaporating drop from the top 

and the side during the wetting transition 

 
Note that, on this surface, C.A. was maintained over 140o prior 

to the transition started. This was contributed by the increased 

hydrostatic pressure due to the large pillar height.  

Surface 3-15-3: On Surface 3-15-3, evaporation switched 

from CCR to a mixed-mode (Figure 6(b)) (i.e., CL and C.A. 

both decreased with time). The mixed-mode continued until 

870 sec. However, the C.A. decreased very slowly during the 

mixed mode of evaporation and remained over 140o until the 

transition started. Finally, the transition started at around 870 

sec and was completed within a very short duration (within 70 

sec). Although the height of the pillars was smaller on this 

surface compared to the surface 3-9-6, the pitch between pillars 

was larger. As a result, no. of pillars per unit area was less, 

significantly reducing the solid-liquid interaction and contact 

line pinning. Therefore, although hydrostatic pressure was less, 

surface 3-15-3 could also maintain large C.A. > 140o until 

transition due to the less pinning effect.  
Surface 3-15-6: On this surface, we combined the effect 

of both increased hydrostatic pressure and reduced pinning 

effect, respectively, by fabricating large pillars of the height of 

6µm and by increasing the pitch between pillars to 15 µm. As a 

result, on surface 3-15-6, the evaporation switched from initial 

CCR to CCA mode (Figure 6(c)). Note that, unlike previous 

surfaces, here, the transition did not occur even after waiting 

for a long period of over 2000 sec. due to the combined effect 

of increased hydrostatic pressure and reduced pinning effect.  

Surface 25-75-8: Lastly, surface 25-75-8 has the same 

pitch-to-width ratio as surface 3-9-6 but differs in pillar width. 

In this case, pillars with a large width were fabricated to 

understand the pinning effect more deeply during evaporation. 

Interestingly, the results showed that on surface 25-75-8, 

evaporation switched from CCR to a distinct stick-slip mode 

[4] (Figure 6(d)), i.e., the CL decreased in a step-wise manner, 

and the C.A. was wandering until the transition started. This 

can be explained as follows: due to the strong pinning effect 

caused by the large size of pillars, the contact line was first 
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pinned on the pillar tops beneath the drop periphery. As a 

result, CL remained constant. However, evaporation continued, 

so C.A. was decreasing. At some point during evaporation, the 

inward tangential force inside the liquid drops at the three-

phase contact line became larger than the outward pinning 

force. As a result, the contact line depinned and moved to the 

next row of inner pillars and pinned again. During depinning, 

C.A. recovered. Thus, a step-wise decrease in CL and 

wandering of the C.A. appeared in this mode. More details 

explanations of this mechanism are reported in the study of 

Wang and Wu [5].  

C.A. vs drop diameter: Finally, Figure 6(e) compares 

C.A. vs. drop diameter during evaporation. From this figure, it 

is obvious that among the four surfaces, on the surface 25-75-8 

with large pillars, C.A. decreased very quickly during 

evaporation, and when the drop diameter reached to 1.26 mm, 

C.A. fell below 140o. On the other hand, on surface 3-9-6 and 

surface 3-15-3, C.A. remained over 140o until the drop diameter 

reached to 0.69 mm and 0.44 mm respectively. Thus, it is 

obvious that the wetting transition from Cassie-Baxter to 

Wenzel state on these two surfaces could be delayed by 

increasing the hydrostatic pressure and by decreasing the 

contact line pinning. However, the effect of decreasing contact 

line pinning was more dominant than the effect of increasing 

hydrostatic pressure. Hence, the surface 3-15-3 could delay 

wetting transition for smaller droplets than the surface 3-9-6. 

By combining these two effects, on surface 3-15-6, C.A. 

remained over 150o even when the drop diameter reached 0.37 

mm, yet no decreasing trend in C.A. was observed. Measuring 

C.A. below a drop diameter 0.37 mm was not possible by the 

developed image processing code in Matlab as the image 

quality deteriorated for very small size drops.   

Thus, one can conclude that small pillar width, a large 

pitch between pillars, and large pillar height are necessary to 

prevent wetting transition and preserve superhydrophobicity for 

a longer duration on microstructured surfaces. A large 

interpillar spacing reduces the pinning effect significantly by 

decreasing the three-phase contact line and making the surface 

slippery [6]. Therefore, increasing pitch in surface 3-15-6 

yielded a slippery superhydrophobic surface, which is also 

evident from the small roll-off angle of this surface (Table 1).  

In addition, large pillar height contributes to 

superhydrophobicity by increasing the hydrostatic pressure [7]. 

When these two effects were combined, a significant delay in 

wetting transition was achieved even for micron-sized droplets 

with a drop diameter < 300 µm.  

 
MODELING IN SURFACE EVOLVER 

A finite-element-based open-source software, Surface 

Evolver (SE), was used to numerically obtain the penetration of 

the drop bottom meniscus under different Laplace pressures. SE 

finds the final equilibrium shape of a surface, subject to 

different forces and constraints, by minimizing the energy of 

the surface via a gradient descent method. To develop a 

geometric model for SE simulation, we need to define vertices, 

edges, faces, and a body with appropriate boundary conditions. 

In our system, initially, the drop bottom meniscus was specified  
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Figure 6 Time course of contact length and contact angle 

for four different surfaces (a) surface 3-9-6, (b) surface 3-15-3, 

(c) surface 3-15-6, (c) surface 25-75-8 and (e) comparison of 

contact angle change with reduction in drop diameter 

 

to be a planner liquid surface on a unit cell of the micro-

patterned substrate, i.e., a liquid surface on a square array of 

four square pillars (Figure 7(a)). The liquid was assumed to 

completely wet the top face of the pillars, constraining the 

solid-liquid-air contact line at the top edges of the pillars. Note 

that the wetted top faces of the pillars, i.e., the solid-liquid 

contact faces, are omitted in the SE model, as recommended by 

Brakke [8]. The energy of an omitted face was assigned to the 

corresponding pillar edges, i.e., to the triple-phase contact line. 

This was achieved by transforming the area energy integral into 

a line integral [8-10]. Assuming   the normal to the omitted 

face,  as the contact energy density, we can obtain a vector 

field   for the line integral as:   

                     (1) 

where,  with  as the surface tension of 

the liquid-air interface (0.072 N/m for water-air interface) and 

 as the equilibrium contact angle of the solid-liquid pair (114o 

for water-Teflon pair). Thus, either  or   was 

used for the line integrals along the pinned three-phase contact 

line, where , ,  are the unit basis vectors. 

In addition to the geometric and wetting constraints, the 

pressure of the liquid against air (i.e., Laplace pressure) was 

imposed on the SE model [11] according to the following 

equation:   

                                     (2) 

where,  is the Laplace pressure, and  is the curvature of the 

liquid-air interface taken from the lateral view of drops 

recorded at different time frames during the experiment.   

During SE simulation, the final equilibrium shape of the 

surface was achieved by successive refinement of the triangular 

meshes and iterative energy minimizing steps (Figure 7(b)). 

The repetition of iteration was continued until the change in the 

evolved surface energy in successive iterations became smaller 

than . The SE simulation was programmed to determine 

the penetration of the liquid interface from the vertices of the 

final equilibrium shape. The numerical deflection of the drop 

bottom meniscus with increasing Laplace pressure at the liquid-

air interface on different surfaces is shown in Figure 8(a). 

 

 

Figure 7 (a) Planar liquid surface in SE model on a unit cell 

and (b) deflected surface after energy minimization 
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Figure 8 (a) Numerical deflection of drop bottom meniscus vs. 

Laplace pressure obtained in SE model and (b) experimentally 

obtained C.A. vs. Laplace pressure for surface 25-75-8 

 

The numerical results show that on surface 25-78-8, where 

interpillar spacing is large, the deflection reached about 8 µm at 

871 Pa (corresponding drop dia 0.33 mm), which is almost 

equal to the pillar height. Experimental data (Figure 8(b)) also 

showed that at this pressure, the C.A. declined sharply below 

110o, and the transition was completed. Thus, the proposed SE 

model could reasonably predict the deflection of drop bottom 

meniscus for surfaces with large interpillar spacing, on which 

transition took place via sag or touch down impalement.  

 On the contrary, in the case of surfaces with very small 

interpillar spacing (i.e., on surfaces 3-9-6 and 3-15-3), the 

deflection was very small even though the Laplace pressure 

went very high. This also supports the earlier hypothesis that 

the transition cannot occur via touching down the drop bottom 

meniscus to the substrate top on surfaces with small interpillar 

spacing. Rather, during the evaporation process, the 

microcontact angle formed with the micropillar continues to 

increase with decreasing the drop diameter. Finally, when it 

reaches the advancing contact angle for the liquid-solid pair, 

the contact line depins, slides along the micropillars, and 

reaches the substrate, thus completing the transition (depinning 

impalement [2]). Deflection on surface 3-15-6 is not plotted in 

Figure 8(b) since it will be the same as surface 3-15-3, as the 

pitch is the same for these two surfaces.  

 

CONCLUSION  
In conclusion, the wetting behavior of fakir drop was 

investigated on superhydrophobic surfaces with four different 

configurations of micropillar geometry. The evaporation was 

inaugurated in CCR mode on all four surfaces. The evaporation 

dynamics and appearance of the next evaporation mode 

following CCR strongly depended on the micropillar geometry. 

While CCA mode appeared on the surface with a large pillar 

height (i.e., 3-9-6) due to increased hydrostatic pressure, a 

mixed-mode appeared on the surface with a large pillar pitch 

(i.e., 3-15-6) due to the reduced contact line pinning. When 

these two effects were combined on surface 3-15-6, no 

transition was observed even for very small microdroplets 

having drop diameters less than 300 µm. Finally, a distinct 

stick-slip mode appeared on the surface with large pillar width 

(i.e., 25-75-8). Thus, this study suggest that decreasing the 

contact line pinning and increasing hydrostatic pressure is 

crucial to enhance the resistance to Cassie-Baxter to Wenzel 

transition.   

Finally, the numerical model constructed in SE model could 

reasonably predict the deflection of drop bottom meniscus in 

case of large interpillar distance. Therefore, on the surface 25-

75-8 numerical deflection obtained at the transition was almost 

equal to the micropillar height. On the contrary, the deflection 

on surfaces 3-9-6 and 3-15-3 was very tiny even at large 

Laplace pressure due to small interpillar spacing. However, 

these results corroborate the established theory of wetting 

transition in the literature.   
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ABSTRACT

One of the challenges of today is to achieve large amounts
of electrical energy storage. This can be reached with the help
of pumped heat energy storage (PHES) technology, where elec-
tricity is used to supply a heat pump system connected to two
large thermal tanks. The system consists of four stages: com-
pression, high temperature heat exchange (delivering in pump
mode or absorbing in engine mode), expansion, and low tem-
perature heat exchange (absorbing in pump mode or delivering
in engine mode). From a technological point of view, the ma-
jor issues to solve are the compressor and expander. Numerical
simulations can be an important tool to quantify its theoretical
potential. Numerous studies that simulate PHES systems use
constant isentropic efficiencies to represent the compression and
expansion stages. In this work a zero-dimensional model for a
reciprocating compressor or expander is presented. Its objective
is to represent the real behaviour of these stages and determine
the main variables of the system. Therefore, a computer routine
has been developed, which solves the system of differential en-
ergy equations and the mass balance as functions of the rotational
speed. The model was validated using a domestic compressor
and an industrial expander. To be able to reproduce the compres-
sor case, a dynamic valve model that opens and closes according
to the pressure of the system was implemented. In both cases a
good agreement with experimental data from the literature was
obtained.

With the present model, realistic values were obtained for the
parameters that characterize the global irreversibility of the sys-
tem, as well as their behaviour in relation to the crankshaft angle
(or the elapsed time), an issue not usually well established in the-
oretical models. The dynamic model can be integrated in a PHES
system simulation in order to represent its transient behaviour in
a more realistic fashion.

INTRODUCTION

Nowadays, a large number of countries around the world
make use of renewable energy, for example, from solar and wind

sources. Due to the intrinsic variability of these phenomenon,
energetic surpluses are expected and a flexible electric grid, ca-
pable of managing them, is necessary.

As previously mentioned, pumped heat energy storage
(PHES) technology provides stability to the electrical system of
a grid.

This work’s main objective is to present a zero-dimensional
model of a reciprocating machine, operating as a compressor or
an expander, being capable of represent the real behaviour of
them under non-standard operating conditions (characteristics of
a PHES system, as the one shown in Figure 1) and to determine
the main variables of its thermodynamic cycles.

Figure 1. PHES scheme in charge mode with simplificated
drawings of reciprocating machines.
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NOMENCLATURE

ϕ [rad] Angle of the crankshaft
t [s] Time
V [m3] Volume of the chamber occupied by the fluid
V0 [m3] Minimum volume of the chamber
T [K] Gas temperature
p [Pa] Gas pressure
m [kg] Gas mass
r [-] Compression ratio
L [m] Stroke
a [m] Crankshaft radius
l [m] Length of the rod
f [-] Crankshaft radius and rod length ratio
γ [-] Gas adiabatic coefficient
Cp [J/kg K] Gas specific heat at constant pressure
Cv [J/kg K] Gas specific heat at constant volume
M [-] Mach number
v [m/s] Velocity of the gas through the nozzle
R [J/kg K] Ideal gas constant
AT [m2] Cross-sectional area
ṁ [kg/s] Actual mass flow through a nozzle
Cd [-] Choke coefficient through the nozzle
ρ [kg/m3] Gas density
Ẇ [W] Work performed by the system per unit of time
Q̇ [W] Heat flux between the cylinder body of the

machine and the gas contained within
h [J/kg] Gas enthalpy
Pp [W] Mean power for piston losses
µoil [kg/m s] Oil dynamic viscosity
Ac [m2] Contact area between surfaces
v [m/s] Root mean square velocity of the piston
H [m] Oil film thickness
Pb [W] Mean dissipated power for bearing losses
Dc [m] Crankshaft diameter
ω [rad/s] Crankshaft angular speed
Pf [W] Mean power loss due to friction
Pi [W] Mean indicated power
Ps [W] Isentropic power
ṁ [kg/s] Mean weighted flow
Pa [W] Mean actual power
ηis,e [-] Isentropic efficiency of an expander
ηis,c [-] Isentropic efficiency of a compressor
rp [-] Pressure ratio

Special characters
x [m] Lift when obtained as a function of the angle of rotation
X [-] Relation between the angle of rotation and reference data

taken from Ferrara et al. [6]

Subscripts
0 Initial condition
f Final condition
dt Total displaced
in Intake
ex Exhaust
j Stagnation side
k Side of the nozzle opposite to the

stagnation point
min Minimum
i Discretization step i
i+1 Discretization step i+1
ss Steady state
2s State at the exhaust of a machine when an

isentropic process is followed

In reference to the structure of the paper, a description of the
analytical equations of a reciprocating machine model, including
that of volume, mass, temperature and pressure, is first presented,
and validation cases for both machines are also described. Sec-
ondly, a methodology for calculating friction losses is proposed,
in order to obtain the efficiency of the machines. Third, the re-
sults for the isentropic efficiency of the reciprocating machines
are shown. Finally, a brief conclusion of the results is presented.

THERMODYNAMIC MODEL OF WORKING FLUID

A reciprocating machine, in its most simplified form, is a
cylinder containing a piston (actuating as a variable wall) con-
nected to a rod, which transmits force to the piston from the
crankshaft (in the case of a compressor) or vice versa (in the case
of an expansor). The following summarizes the model equations

that describes the thermodynamic of the working fluid, which is
considered as an ideal gas. [1]

The volume temporal derivative is presented below, obtained
from geometric relationships between the piston linear position
inside the cylinder and the angle of the crankshaft, ϕ:

dV
dt

=
V0

2
(r−1)

senϕ+
senϕcosϕ√

1
f 2 − sen2ϕ

ω (1)

where f is the geometric relation between the crankshaft radius,
a, and the length of the rod, l, and V0 and r are respectively the
minimum volume of the chamber and the compression ratio.

Applying mass balance to the cylinder, it is known that the
temporal variation of the mass inside the chamber is determined
by the intake and exhaust flows governed by the following equa-
tion:

dm
dt

= ṁin + ṁex (2)

where ṁin and ṁex are respectively the intake valve and exhaust
valve flows, and m denotes the mass inside the chamber.

Therefore, it is necessary to study the intake and exhaust
through the valves, which are dependent on the intake and ex-
haust pressures, as well as the fluid pressure inside the cylinder.

A nozzle ideal gas flow model was assumed and the following
definitions and hypothesis were used, in order to obtain Eqs. (3)
and (4) to represent the actual mass flow through a nozzle when
the Mach number is less than 1 and greater than or equal to 1,
respectively:

- The heat per unit of mass transferred in the process can be
neglected.

- The gas velocity at the intake is much lower than at the ex-
haust.

- The heat capacity of the fluid is considered as a constant
value through the nozzle.

- p j and Tj are the stagnation pressure and temperature re-
spectively, while pk and Tk are their counterparts on the other
side of the nozzle.

- γ is the gas adiabatic coefficient, defined as γ =Cp/Cv.
- M = v/

√
γRT is the Mach number (denominator corre-

sponds to the speed of sound and v is the velocity of the
gas in an isentropic flow through the nozzle).

- The actual mass flow through a nozzle of cross-sectional
area AT is ṁ = CdρAT M

√
γRT , according to [2], where

Cd is the choke coefficient (which characterizes the passage
through the nozzle) and ρ is the gas density.

For M < 1:

ṁ =Cd
AT p j√

γRTj
γ

(
pk

p j

) 1
γ

 2
γ−1

1−
(

pk

p j

) γ−1
γ


1
2

(3)

For M ≥ 1:

ṁ =Cd
AT p j√

γRTj
γ

1
2

(
2

γ+1

) γ+1
2(γ−1)

(4)
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The temperature temporal derivative was calculated applying
the first law of thermodynamics to the control volume given by
the working fluid contained in the cylinder. The following hy-
pothesis and approximations were also used:

- The work per unit of time performed by the system was ap-
proximated by Ẇ = p dV

dt .
- Single input (intake valve) and single output (exhaust valve).

dT
dt

=
1

mCp

[
Q̇+ ṁinhin + ṁexhex −

dm
dt

h+
d p
dt

V
]

(5)

In Eq. (5) T , m, h and p refers to the gas temperature, mass,
enthalpy and pressure, respectively, and both hin and hex refers to
the intake and exhaust enthalpies. In addition, Q̇ symbolizes the
heat flux between the cylinder body of the machine and the gas
contained within, and is calculated by means of the Adair heat
transfer correlation (described in [3]), developed for the study of
reciprocating domestic compressors.

The pressure temporal derivative, d p/dt, is calculated using
the ideal gas equation and the temperature time derivative shown
in (5). The following expression was obtained:

d p
dt

= γp
[

1
m

dm
dt

+
1

mCpT

(
Q̇+ ṁinhin + ṁexhex

−dm
dt

h
)
− 1

V
dV
dt

] (6)

To resolve the dynamic operation of the alternative machine,
a simulation routine was implemented using the C++ program-
ming language and the equations previously presented. Accord-
ing to the last, a Runge–Kutta fourth-order iterative discretiza-
tion method was used to obtain approximate solutions to Eqs.(2)
and (5). [4]

Since the system is a cyclic process, it is easier to solve the
differential equations using the angle as the independent variable,
therefore the time derivatives previously shown were converted
to angular derivatives using the chain rule.

Given an angular step i and the magnitudes mi, Ti, pi and Vi, it
seems relevant to notice that the before mentioned discretization
method was used only to obtain the gas mass and temperature
in the next step, i + 1. Pressure in step i + 1 is calculated by
means of the ideal gas equation and the obtained mi+1 and Ti+1,
as well as the volume Vi+1, which is calculated according to a
geometrical relation (see [1]). The previous aims to mitigate the
numerical error accumulated throughout the simulation.

Simulations of this model are carried out with a fixed input
of temperature and pressure at the inlet and an established pres-
sure at the outlet. Once the equations are solved and the steady
state (actually, periodic regime) is reached, the mean mass flow
through the machine and the mean weighted (by the mass flow)
temperature at the outlet are obtained as outputs.

Model validation for a compressor

The model of the reciprocating machine for the case of a com-
pressor was validated using the example presented for Abidin et

al. in [5]. In summary, this was based on the study of a domes-
tic compressor model HTK55AA, using the refrigerant R-600a
as the working fluid. Since this study considers the dynamics in
the intake and exhaust valves, this phenomenon was additionally
implemented for the validation of the model.

To simulate the dynamics of the valves, it is necessary to know
the parameters that characterize their movement, that is: damp-
ing coefficient, spring stiffness and natural frequency of oscilla-
tion. In the reference case, this data is not provided, however,
lift curves are presented as functions of the pressure difference,
so it was decided to tune the model parameters by adjusting the
lift curves obtained when comparing them against the reference.
The latter is evidenced in Figure 2, where the comparison be-
tween the lift obtained and the reference case is shown.

Additionally, in the reference case, the modeling of the dy-
namics of auxiliary control volumes (such as mufflers on intake
and discharge) was also included, since they affect the value of
the compressor intake and exhaust pressures. To achieve results
that fit the test conditions without needing to go into the model-
ing of these volumes, it was decided to obtain, from the reference
data, the minimum value of pressure in the intake, and also im-
pose a representative value of pressure in the discharge.

The input conditions (including those of the valves) and rel-
evant output graphs are presented below, where the reference
curves are attached where appropriate.

From the input parameters presented in table 1, Figure 3
stands out, which shows the comparison between the reference
and what was obtained when using the model.

As can be notice, Figure 2 shows a well approximation of the
dynamic behaviour of the valves, which is evidenced in Figure 3,
where the pressure simulated shows a response almost identical
of that of reference.
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Figure 2. Comparison of lift obtained for intake and exhaust
and the corresponding ones in reference [5].

Model validation for an expander

As for the compressor, the validation case for the expander
model is presented. It should be noted that the models are practi-
cally identical (they start from the same equations), only chang-
ing the inputs (pressures and temperatures) and the opening and
closing criteria of the valves, which instead of operating reacting
to the pressure difference, operate according to preset opening
and closing angles.

The reference case used was that of Ferrara et al., presented
in [6], which was based on the study of a reciprocating expander
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Table 1. Input parameters for compressor dynamic model val-
idation.

Fluid R-600a

Initial temperature and pressure T0 = 63.6 ºC , p0 = 62.60 kPa

Intake conditions Tin = 32 ºC , pin = 59.16 kPa

Exhaust conditions Tex = 116.85 ºC , pex = 620 kPa

Choke coefficients Cdex =Cdin = 0.6

Exhaust and intake valves diameter dex = din = 5.28×10−3 m

Angular velocity ω = 308.92 rad/s

Piston diameter D = 21.1×10−3 m

Stroke length L = 15.4×10−3 m

Crankshaft length l = 33×10−3 m

Dead volume Vmin = 85×10−9 m3

Cylinder wall temperature Twall = 82.8 ºC

Coefficients of restitution eex = ein = 0.4

Exhaust valve parameters

damping d = 0.5 Ns/m

spring stiffness cex = 2000 Ns/m

natural frequency fex = 8000 H

Intake valve parameters

damping d = 0.005 Ns/m

spring stiffness cin = 600 N/m

natural frequency fin = 2300 Hz

Preload forces Foex = Foin = 0.15 N
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Figure 3. Indicated diagram comparison of the compressor.

operating with steam.
In this case the operation of the valves follows the lift as a

function of the angle of rotation. For the model, it was then
decided to adjust it according to the lift curves provided in the
reference case.

The following equations are used for the intake and exhaust
lifts, respectively (obtained from the fit of the data provided
in [6]):

x =
4

1000

(
1−0.3652X0.6319 −1.084X1.277

+0.4416X0.2854 −0.0854X0.2843
) (7)

x =
6

1000

(
1+1.098X1.291 −2.116X−1.471

−0.09825X0.126 −0.3161X2.558
) (8)

The input parameters to the program are presented in table 2
and the most pertinent output graph is presented below, in Fig-
ure 4, where the reference curve is attached.
Table 2. Input parameters for expander dynamic model valida-
tion.

Fluid Water steam

Initial temperature and pressure T0 = 90 ºC , p0 = 100 kPa

Intake Tin = 160 ºC , pin = 500 kPa

Exhaust Tex = 86 ºC , pex = 60 kPa

Choke coefficients Cdex =Cdin = 0.7

Exhaust and intake valve diameter dex = din = 30×10−3 m

Angular velocity ω = 240.86 rad/s

Stroke and piston size L = D = 72.6×10−3 m

Crankshaft length l = 134.4×10−3 m

Dead volume Vmin = 15.8×10−9 m3

Cylinder wall temperature Twall = 100 ºC

Max. intake and exhaust valves lift Lin = 4 mm , Lex = 6 mm

0

0.1

0.2

0.3

0.4

0.5

0 0.2 0.4 0.6 0.8 1

p
[M

Pa
]

Vol/Vmax

pre f [6]
psim

Figure 4. Indicated diagram comparison of the expander.

As can be seen in Figure 4, the results are well matched to
those of the reference case, being both curves practically the
same.

FRICTION LOSSES

A simple model is used to estimate friction losses that oc-
cur in the alternative machines (compressor and expander), as a
function of geometric parameters of each machine, properties of
their lubricating oil and the rotational speed of the corresponding
crankshaft.

The model takes only account for hydrodynamic friction, and
considers two components of dissipated mechanical power: pis-
ton losses (including losses at the rings and the reminder of the
piston walls) and bearing losses. These are the components that
are taken into account in the consulted works, as the one of Lilie
and Krueger in [7], or Dagilis and Vaitkus in [8]. It is assumed
that contact between moving surfaces is through an oil coating
with uniform thickness (eccentricity is not contemplated in nei-
ther of the movements). The lubricating oil is considered as a
Newtonian fluid and the shear stress acting on the surfaces will
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be determined using the mean velocity gradient (relative velocity
between the surfaces over oil film thickness) that occurs in each
case.

For piston losses, under the mentioned hypotheses, the mean
dissipated power is calculated according to Eq. (9):

Pp =
µoilAc

H
v2 (9)

Here, µoil stands for the oil dynamic viscosity, Ac for the con-
tact area between the considered surfaces, v for the root mean
square (RMS) velocity of the piston, which will be approximated
by the mean piston velocity (twice the stroke over the time period
that lasts one piston cycle), and H for the oil film thickness.

Eq. (9) applies to the piston rings (two rings are considered)
and to the remainder of the piston wall.

For bearing losses, under the mentioned hypotheses, the mean
dissipated power is calculated according to Petroff’s law of fric-
tion, shown in tribology and/or lubrication textbooks, as [9]. This
can be seen in Eq. (10):

Pb =
µoilAc

(Dc
2

)2

H
ω

2 (10)

Here Dc stands for the crankshaft diameter and ω for its angu-
lar speed.

Three bearings are taken into account for each cylinder.
Finally, from Eqs. (9) and (10), the mean power loss due to

friction can be calculated by Eq. (11):

Pf = Pp +Pb (11)

CALCULATION OF ISENTROPIC EFFICIENCY

In this section, the calculation of the isentropic efficiency for
a reciprocating compressor or an expander is presented.

Then, the isentropic efficiency of particular cases of compres-
sor and expander are plotted against the pressure ratio (high pres-
sure over low pressure) for different angular speeds.

Additionally, the parametric variation of the efficiencies with
the velocity ratio between the machines is presented.

The mean indicated power and the isentropic power are ac-
cordingly obtained from Eqs. (12) and (13), shown below.

Pi =
ω

2π

∫ V (ϕ=2π)

V (ϕ=0)
pdV (12)

Ps = ṁss(hin −h2s) (13)

with ṁss being the mean flow in steady state calculated as Eq.
(14) shows, and h2s being the specific enthalpy at the exhaust of
the machine when an isentropic process is followed to the dis-
charge pressure.

ṁss =

∣∣∣∣ ω

2π

∫ t0+ ω

2π

t0
ṁ(t)dt

∣∣∣∣ (14)

In the previous equation t0 is an instant in which the periodic
regime has been reached and ṁ(t) can be the mass flow through
the intake valve or the one through the exhaust valve, because
after the system converges both calculations match.

The mean actual power of the machine can be obtained as
follows in Eq. (15), resulting from the sum of the mean indicated
power and the friction losses (no electrical losses are considered):

Pa = Pi +Pf (15)

Finally, the isentropic efficiency of a compressor or an ex-
pander can be calculated respectively as follows:

ηis,c =
Ps

Pa
(16)

ηis,e =
Pa

Ps
(17)

In the case of a compressor, both Pi and Ps take a negative
value if calculated as previously presented. On the contrary, if
the machine is an expander both take a positive value.

About Pf , according to the previous analysis its value takes
a negative sign, meaning that the actual power needed by the
compressor is greater than the indicated power, or that the actual
power given by the expander is less.

Simulations of a compressor and an expander working against
different pressure ratios and with different speeds of rotation
were carried out. Both machines have identical geometrical char-
acteristics, which are presented in Table 3.

Table 3. Case characterization (geometrical parameters).

Piston size D = 2.0 m

Stroke size L = 0.4 m

Crankshaft length l = 2∗L

Percent clearence c = 3%

Exhaust and intake valves passage areas Av = 0.30∗ (π∗D2

4 )

In both cases (compressor and expander) the working fluid
considered was air. The choke coefficients, Cd , for the valves of
both machines were assumed to be 0.6. The cylinder wall tem-
perature, Twall , used in the heat transfer calculations was 600 K
for the compressor and 450 K for the expander.

For the compressor input, a fixed admission pressure of
101.325 kPa was considered, as well as a fixed admission tem-
perature of 294.1 K. The discharge pressure considered in each
simulation is calculated according to the pressure ratio input.

In the case of the expander input, a fixed discharge pressure of
101.325 kPa and a fixed admission temperature of 560.8 K were
considered. The admission pressure considered in each simula-
tion is calculated according to the pressure ratio input.

Regarding the opening and closing of the valves, in the case of
the compressor a pressure criteria was chosen, which means that
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the valves react instantly (no dynamical model was considered)
to the pressure difference between the interior of the chamber and
the admission pipe (intake valve) or the discharge pipe (exhaust
valve).

As for the expander valves, an angular criteria was adopted.
The opening of the intake valve was fixed to be at the bottom
dead center. The opening and closing of the exhaust valve were
fixed at the top dead center and the bottom dead center, respec-
tively. In regard to the closing of the intake valve, the criterion
chosen was one that minimizes the work of recompression and
prevents counter flows while the exhaust valve is open.

The compressor efficiency against the pressure ratio curves for
differents speeds of rotation are presented in Figure 5. The re-
sults show that, for the rotational speeds considered, a maximum
is reached at pressure ratios about 25, which is the upper limit
shown in the mentioned graph. Above this value, the efficiency
ends up falling (not shown here).
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Figure 5. Compressor isentropic efficiency as a function of the
pressure ratio. Parametric curves with the machine angular ve-
locity are shown.

For the expander, an analogous graph is presented in Figure 6,
where the curves show a maximum of efficiency at a lower pres-
sure ratio (in comparison with the compressor), which moves to-
ward slightly greater ratios as the angular velocity increases.

Moreover, for both machines the isentropic efficiency drops
as its speed raises. This is evidenced in Figures 5 and 6.

Finally, the results shown in the previous figures are resumed
in Figure 7, where the efficiency of the expander is plotted
against that of the compressor as both vary with the pressure
ratio, and also parametric with the velocity ratio between the
machines, calculated as Nexp/Ncomp. A velocity of 1000 rpm
was used for the compressor, varying only the velocity of the
expander to obtain the three velocity ratios plotted.

It seems relevant to clarify that the curves presented in Fig-
ure 7 are those corresponding to the regions between the max-
imum expander efficiency and the maximum compressor effi-
ciency. In the not shown regions, given an expander efficiency
(horizontal line in the graph) the compressor efficiency was
lower than the corresponding one in the presented figure. Be-
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Figure 6. Expander isentropic efficiency as a function of the
pressure ratio. Parametric curves with the machine angular ve-
locity are shown.
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cause it is preferable to work with the point of the highest com-
pressor efficiency (in order to penalize only the performance of
one machine) the other tails of the curves were not included in
the graph.

CONCLUSION

A thermodynamic model of the working fluid that circulates
through a reciprocating machine has been implemented using a
simulation routine in the programming language C++.

The implementation was validated using the reference cases
of Abidin et al. [5] and Ferrara et al. [6], respectively for a com-
pressor and an expander. The comparison between these refer-
ences and the model simulation showed a well response for both
machines, capturing the most relevant behaviours, evidenced in
Figures 3 and 4.

To obtain the isentropic efficiency of each machine under dif-
ferent operating conditions (characterized by the pressure ratio
and the angular velocity), a simple model to estimate the power
loss due to friction was presented, based on the consulted works
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of Lilie and Krueger [7] and Dagilis and Vaitkus [8].
From the dynamic model and that of friction losses, the isen-

tropic efficiencies of the machines were calculated. The obtained
results were presented in Figures 5, 6 and 7, where it was shown
the variation of each efficiency with the angular velocity and the
pressure ratio, and also the expander efficiency against the com-
pressor efficiency when varying these two parameters.

Due to the obtained results, the compressor and expander
models developed will provide realistic values of efficiency to
include in a PHES system model, which is a great advantage in
comparison to similar available works that use fixed values for
this parameter.
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