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ABSTRACT 

In light of the ever increasing demand for energy efficiency, waste heat recovery has become an 

important engineering design consideration. Heat-pipe-Heat-Exchangers (HPHEôs) are waste-heat-

recovery-units (WHRUôs) that utilise heat pipes/thermosyphons that contain a working fluid as the 

heat transfer mechanism from the high temperature waste stream to the low temperature stream. To 

prevent cross contamination for the food industry, the exhaust and inlet streams are often far apart. 

However, performance correlations for separated-HPHEôs are difficult to find.  

For this reason, the thermal performance of an air-to-air separated-HPHE is investigated and 

characterised. The investigation involved the theoretical and numerical modelling of the separated-

HPHE. The models were then compared to the experimental results for validation purposes. It is also 

important to use energy efficiently, hence the effect of air temperature and flow rate on the drying 

times of various materials were also investigated. 

To develop the HPHE model, outside and inside heat transfer coefficients for the HPHE are required. 

The outside heat transfer coefficients were obtained by passing hot air over a HPHE filled with cold 

water and of similar geometry to the HPHEôs used for the separated-HPHE. The inside heat transfer 

coefficients for the separated-HPHE were determined with R600a, R134a and R123 as working 

fluids. The experiments were undertaken at various temperatures and flow rates. The results showed 

that R600a works the most effectively in the temperature range considered and this is expected since 

R600a is less dense and has a higher latent heat of vaporisation than both R134a and R123. As an 

example, the R600a charged separated-HPHE yielded heat transfer rates in the region of 9352 W 

compared to the 7017 W and 4555 W yielded for R134a and R123 respectively at an air temperature 

difference of 27 °C and mass flow rate of 0.841 kg/s. 

The predicted inside heat transfer coefficients correlate the experimentally obtained heat transfer 

coefficients reasonably well. However, it is found that theoretical models correlated by previous 

researchers do not correspond to the predicted values obtained from the correlations found from the 

testing of the separated-HPHE. The differences are attributed to the poor manifold design and the fact 

that the researchers conducted their experiments on a single thermosyphon, whereas the entire heat 

exchanger was used in this case. 

The main objective of the thesis was because the as-tested separated-HPHE was shown to worked 

effectively (recovering up to 90 % of the of the dryer exhaust heat) for typical food industry drying 

temperatures of between 25-80 °C. Additionally, the theoretical simulation models for the HPHE was 

validated in as much that its energy saving performance was within ° 12 % of the as-tested 

experimental models; and thus it was demonstrated that substantial energy cost saving could be 

realised using standard heat exchanger manufacturing technology. If the heat exchanger is installed 



 

in a plant, charged with R600a and is operated with an inlet air temperature of approximately 80 °C 

and mass flow rate of 0.841 kg/s, the heat recovered is 13.828 kW in an environment of 13 °C. At 

these conditions, the potential payback period of installing the heat exchanger specified for this study 

is 3.22 years. 

It is recommended that notwithstanding accuracies of roughly 22 % obtained by the theoretically 

predicted correlations to the experimental work, the heat exchanger design should be optimised to 

allow better refrigerant flow and various performance parameters like liquid fill charge ratio and 

condenser/evaporator length dependencies should be further investigated.       

 

  



 

OPSOMMING  

As gevolg van die stuigende noodsaaklikheid van effektiewe energy gebruik raak energie behoud en 

herwin al hoe meer belangriker ingenieurs ontwerp oorwegings. Hittepyp-hitteruilers (HPHRós) is 

afval-hitte-herwinnings-eenheid (AHHE) wat hittepype vol koelmiddel bevat wat die hitteoordrag 

meganisme is vanaf die hoë temperatuur vloeistroom na die lae temperatuur vloeistroom. Om 

kruiskontaminasie te verhoed in die voedsel bedryf, is dit noodsaaklik dat die uitlaat en inlaat strome 

geskei is. Daar bestaan tans nie veel korrelasies vir geskeide-HPHRós 

Vir hierdie rede word die termiese verrigting van ón geskeide-hittepyp-hitteruiler (HPHR) ondersoek. 

Die ondersoek bevat die toeretiese en numeriese modellering van die geskeide-HPHR. Die modelle 

word vergelyk met die eksperimentele resultate om hulle te valideer. Dit is ook noodsaaklik dat 

energy sparsamig gebruik word en vir hierdie rede word die effek van lug tempratuur en vloeitempo 

op die droogmaak tye van verskieie materiale ondersoek. 

Om die HPHR model te ontwikkel is dit nodig om die buite- en binne hitte oodragskoëffisiënte te 

vind. Die buite hitteoordragsko±ffisi±nte was bepaal deur warme lug oor ón HPHR te laat vloei wat 

geometries die selfde is as die HPHRôs wat gebruik word vir die geskeide-HPHR. Die binne-

hitteoordragskoëffisiënte was bepaal met R600a, R134a en R123 as koelmiddels. Die eksperimente 

was gedoen by verskeie temperature en lugvloeitempoes. Die resultate wys dat R600a die mees 

effektief werk by die temperature waarteen die eksperimente gedoen was. Dit was verwag as gevolg 

van die feit dat R600a ón ligter gas en ho±r latente-hitte-tydens-verdampings eienskap het as albei 

R134a en R123. As voorbeeld, die geskeide-HPHR vol R600a het 9352 W herwin in vergelyking met 

7017 W en 4555 W vir die R134a en R123 respektief teen ón lug temperatuur verskil van 27 ÁC en ón 

lugvloeitempo van 0.841 kg/s. 

Die voorspelde binne-hitteoordragskoëffisiënte korreleer die eksperimentele waardes redelik goed. 

Dit was egter gevind dat die teoretiese modelle wat gekorreleer was deur vorige navorsers nie goed 

ooreenstem met die voorspelde waardes vir die geskeiede-HPHR nie. Die verskille word toegeskryf 

aan die swak spruitstuk ontwerp en die feit dat die navorsers hul eksperimnete op ón enkele hittepyp 

gedoen het, terwyl die hele HPHR gebruik was in hierdie geval. 

Die hoof objektief van die tesis was beruik deur dat die geskeide-HPHR wel effektief (so hoog soos 

90 % van die uitlaat hitte) gewerk het tussen die temperatuur limiete van 25-80 °C wat tipies in die 

voelsel bedryf gevind word. Dus was dit bewys dat daar groot energiebesparings verkry kan word 

deur die installasie van die HPHR. 

Daarbenewens, die toeretiese modelle van die HPHHHR het die eksperimentele waardes tot binne 12 

% voorspel. As die geskeide-HPHR op ón fabriek geinstaleer word met inlaat lugvloei kondisies van 



 

80 °C en 0.841 kg/s kan 13.828 kW herwin word as die omgewingstemperaturr 13 °C is. Vir hierdie 

toestande is die potensiaale terugverdieningstijd 3.22 jare.  

Dit word beveel dat die HPHR se ontwerp geoptimiseer moet word vir minder vloei weerstand en dat 

die vloeivulverhouding en die verdamper-tot-kondensator-lengteverhouding verdere ondersoek 

vereies, aangesien die 22 % akkuraatheid tussen die teoretiese en praktiese metings te hoog is. 
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NOMENCLATURE  

A    area, m2 

altit   altitude, m 

C    concentration, kg-vapour/kg-dry air  

Cô   loss coefficient 

Cn   nozzle discharge coefficient 

cp    specific heat, J/kgK  

D    mass diffusivity, m2/s 

d    diameter, m 

dc    characteristic length, m 

dh    hydraulic diameter, m 

e    fin height, m : error 

f    friction factor 

G    mass velocity, kg/m2s 

h    heat transfer coefficient, W/m2K : enthalpy, kJ/kg 

hfg   enthalpy of vaporisation for water, kJ/kg 

j    Colburn j-factor 

KRe   Reynolds number correction factor 

k    diffusion coefficient, m2/s : thermal conductivity, W/Mk 

L    length, m 

Lc    characteristic length, m 

m    mass, kg 

ά    mass flowrate, kg/s 

Np   number of tubes per row 

Nr    number of tube rows 

Nu   Nusselt number, Ὤὒ Ὧϳ  

P    Absolute pressure, Pa 

Pr   Prandtl number, ὧ‘”ϳ  

p    dimensionless pitch : perimeter, m 

ὗ    heat transfer rate; heating element power input, W 

R    thermal resistance, K/W 

Red   Reynolds number, ”ὠὨȾ‘ 

RH   relative humidity, kg-H2O/kg-dry air 

r    coefficient of determination 

S    pitch, m 



 

St    Stanton number, Ὤ”ὧὠϳ  

s    spacing, m 

T    temperature, °C 

t    thickness, m:  time, s 

V    velocity, m/s ; volumetric flow rate, m3/s ; volt 

Wfan   fan work, W 

X    moisture content, kg-water/kg-solids 

 

Greek symbols 

Ů    roughness, m  

ɟ    density, kg/m3 

ū    relative humidity, % 

ɤ    specific humidity, kg-water/kg dry air 

µ    dynamic viscosity, kg/ms 

ɗ    moisture ratio 

Ð    surroundings/ambient 

 

Subscripts 

alum  aluminium 

c cold,  condenser, characteristic    

cface  condenser face   

cond   condenser 

cop   copper 

cr    critical 

cv    control volume 

db   dry bulb 

duct   air duct 

e    evaporator, equilibrium   

eface  evaporator face    

evap  evaporator, evaporate 

exp   experimental 

f    fin, frontal, fluid 

g     gas 

h    hot 

hp   heat pipe 



 

i    inside, inlet 

L    longitudinal 

m    mass 

n    nozzle 

o    outside, outlet 

pred   predicted 

s    saturated, free surface, solids 

ss    stainless steel 

T    transverse 

v    vapour 

w    water, wall 

wb   wetbulb 

 

Abbreviations 

DAS   data acquisition system 

FS    full scale 

HPHE   heat pipe heat exchanger 

HPHRHE heat pipe heat recovery heat exchanger 

ID    internal diameter  

OD     outside diameter 

TCU   temperature control unit 

VSC      variable speed control 

VSD   variable speed drive 

WHRU   waste heat recovery unit 

  



 

1 INTRODUCTION  

As our limited non-renewable energy resources diminish and become more costly, energy 

conservation and waste heat utilisation become increasingly important engineering design 

considerations. Heating and cooling of process streams are usually the most energy intensive 

processes on a process plant. Many industries, like the nuclear and food processing industries, rely 

heavily on process heat for their operation. Once this process heat is used it is expelled from the 

system as waste heat. The waste air stream is usually not suitable to use in the process again (consider 

automobile exhaust gas as an example), but is high in heat energy which can be utilised to preheat a 

subsystem in the process.  

WHRUôs use this waste heat energy to improve the efficiency of a process. According to Pieters 

(2006), a WHRU has to satisfy four key criteria: firstly, it has to effectively transfer heat from one 

process stream to another. Secondly it must cause a low pressure drop when installed. It should also 

be corrosion and fouling resistant and finally its heat transfer surfaces must be relatively far apart (in 

case of damage/leakage that could cause cross contamination). HPHEôs are one specific type of 

WHRU which use heat-pipes to transfer heat from the hot exhaust stream to the cold inlet stream. 

Heat pipes are essentially ñnatural heat pumpsò, which exchange heat between the hot and cold fluid 

streams by utilising the large latent heat of vaporisation of a refrigerant. Heat pipes have the distinct 

advantage over other WHRUôs of being able to transport large amounts of heat energy across a long 

distance very effectively. This is especially advantageous in applications where the exhaust and inlet 

streams are separated, like food drying applications. A conventional HPHE has the evaporator and 

condenser sections adjacent to each other, but for certain applications, like food drying, contamination 

is undesired and the heat exchanger has to be separated. However, thermal performance correlations 

for separated-HPHEôs are not easily found in literature. Thus, the main objective of this thesis is to 

evaluate the performance of a separated-HPHRHE using readily obtainable refrigerants.  

Successful integration of a separated-HPHRHE into a system requires that the thermal performance 

characteristics of said heat exchanger is known. This is done experimentally and compared to a 

numerical algorithm, the results are then given in such a way that a thermal engineer wanting to 

incorporate a separated-HPHRHE into a process plant can easily use the correlations to select the 

correct sized heat exchanger.   

Before recovering energy successfully, efficient energy use is a key parameter. In the food processing 

industry for example, biscuit manufacturers have wide estimating ranges for the drying time of their 

products. Drying characteristics of cellular food products (like potatoes and apples) have been 

investigated by other researchers, however the drying characteristics of granular food products (like 

rusks) are less well known. For this reason the drying characteristics of various food products are 



 

experimentally investigated. This is however not a direct objective of the study and will be considered 

in Appendix F. 

The objectives of this thesis can thus be summarised as follows: 

¶ Experimentally characterise and compare the thermal performance of a separated heat pipe 

heat recovery heat exchanger (HPHRHE) using different refrigerants 

¶ Write a computer program that can be used to simulate the separated-HPHRHE 

The document gives a historical background and literature survey on thermosyphons, HPHEs and air 

driers in Section 2. This is followed by all the necessary mathematical formulations required to model 

a separated-HPHRHE in Section 3. Section 4 describes the algorithm for the heat exchanger. The 

experimental work undertaken is documented in Section 5. Section 6 documents the thermal 

performance results of the separated-HPHRHE. Finally the thesis ends with a discussion of the 

results, conclusions and recommendations for future work in Section 7 and 8. The Appendices 

document the calculations, drying results and the manufacturing details.  

  

  



 

2 LITERATURE STUDY  

Heat pipes are devices that transfer heat using the large latent heat of a working fluid. The device is 

used in a variety of applications from air-conditioning to electricity generation. The historical 

development, performance characteristics, advantages and disadvantages of using heat pipes will be 

discussed in this literature study, including its advantages and disadvantages and alternative heat 

recovery devices. 

2.1 Historical Development of Heat Pipes 

The Perkins boiler, a device that uses single or two phase processes to transfer heat, was developed 

by A. M. Perkins and J. Perkins in the 1800ôs. The device consists of a tube and an airtight space 

filled partially filled with working fluid. Boiling, condensation, convection heat - and mass transfer 

occur between the boiling and condensation sections. One end of the tube projects into a furnace 

which is situated at the bottom of the device, while the other end of the tube projects upward into the 

water of the boiler. Heat supplied by the furnace rises up the tube into the boiler section, where the 

heat is given to the surrounding water (Pioro, 1997). The Perkins boiler represented a technological 

step forward in a time when high pressure boilers were still in their experimental phase. Additionally, 

the Perkins tube had no fouling, scaling and leakage problems like the high pressure boilers of the 

time. A Perkins boiler is illustrated in Figure 1. 

Interceptor

Evaporator

Condensor

Heat 

input

Expansion 

tube

 

Figure 1 Perkins boiler (taken from Lock 1992) 

The Perkins boiler design neglected the use of external fins to increase the tube-to-gas heat transfer. 

Gay proposed this concept in 1929. He vertically aligned a number of finned Perkins tubes with the 

evaporator section below the condenser section (Dunn, 1994). The respective evaporator and 

condenser sections were then separated by a plate. Along with the introduction of capillary forces by 

incorporating wicking structures in the heat pipe, this is considered the birthplace of the modern heat 

pipe.  



 

A modern heat pipe consists of a sealed pipe lined with an internal wicking structure and a hollow 

inner section, which contains a small amount of working fluid. A heat pipe consists of two sections, 

the evaporator and condenser. Heat supplied to the evaporator section by a hot waste fluid stream 

heats the working fluid till it vaporises. The pressure difference between the two sections causes the 

vapour to flow to the condenser section, where it gives off its latent heat of vaporisation and 

condenses. The capillary forces in the wicking structure ñpumpò the fluid back to the evaporator 

section and the process repeats itself. The heat pipe is very efficient due to the minimal temperature 

drop between the evaporator and condenser.  

In 1944, R.S. Gaugler proposed using the heat pipe in refrigeration engineering applications, due to 

the large heat transfer rates attainable. This idea never was applied commercially due to the fact that 

energy was relatively cheap, thus heat recovery was not an essential part of thermal system designs. 

However in 1962, the heat pipe idea was suggested by Trefethen in high temperature space power 

systems (Ivanoskii, 1982). Grover then started developing the heat pipe in 1963 at Los Alamos 

National Laboratory in New Mexico. He illustrated the effectiveness of heat pipes as a high 

performance heat transfer device. Groverôs work, along with the theoretical results and design 

guidelines published by Cotter in 1965 are recognised by many as the true beginning of heat pipe 

research. Following these developments, in 1968 Nozu bundled together a number of finned heat 

pipes in an air heater. This was ultimately known as the heat pipe heat exchanger (HPHE). This could 

then be used in various energy recovery applications from refrigeration to air-conditioning. 

2.2 Thermosyphons 

Thermosyphons are heat transfer devices without a wicking structure and are considered a special 

type of heat pipe. The fundamental difference between heat pipes and thermosyphons is that 

thermosyphons utilise gravity to allow condensate flow back to the evaporator, instead of the capillary 

forces in the wicking structure of a ñnormalò heat pipe. Similar to heat pipes, the working fluid is 

vaporised by heat addition in the evaporator section and the vapour moves into the condenser section 

due to the pressure difference between the two sections. The working fluid then gives off its latent 

heat of vaporisation to the cooler condenser section and as such condenses. The condensate runs down 

the tube wall under the influence of gravity and the process is repeated. Thermosyphons are preferred 

due to lower condensate flow resistances. The wicking structure in the heat pipe causes a condensate 

flow resistance which decreases the attainable heat flux in the heat pipe by 1.2 to 1.5 times below that 

of a thermosyphons (Pioro, 1997). Furthermore, ñnormalò heat pipes are more expensive to 

manufacture than thermosyphons because they are structurally more complicated.  

Thermosyphons can be categorised as single phase and two phase flow devices. In a single phase 

thermosyphon, the pipe is filled with only liquid or gas while the operation is taking place instead of 



 

the two-phase flow taking place in a two-phase device. The major disadvantage of a single phase 

liquid thermosyphon is the fact that one has to make provision for the fact that liquid expands as it is 

heated. This could cause difficulty in controlling the internal pressure of the tube. Additionally, in a 

two phase flow thermosyphon, the heat transfer capacity is increased because one can utilise the large 

latent heat transfer mechanism of the working fluid. Figure 2 illustrates the difference between a heat 

pipe, a single phase and two phase thermosyphon. 
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Figure 2 Heat pipe and single - and two phase thermosyphon operation 

Thermosyphons can also be categorised as opened or closed. An open thermosyphon has no 

condenser section and the working fluid is continuously supplied by an external source. The fluid 

evaporates to the environment when it is vaporised. These thermosyphons are used primarily to study 

boiling processes inside thermosyphons (Pioro, 1997). Aerosyphons are a type of thermosyphon in 

which the heat flux is transferred by the forced convection of the liquid. In an aerosyphon, saturated 

gas is passed through the working fluid causing bubbles to be propagated in the fluid, which in essence 

ñstirsò the liquid. However, the aerosyphon has no commercial applications and is mainly used to 

investigate boiling heat transfer.  

Thermosyphons can also be used like conventional refrigeration systems due to the fact that the 

evaporator and condenser sections can be separated in what is termed a ñseparated loopò arrangement 

(Yun & Kroliczek, 2002). Dobson & Jeggels (2008) successfully illustrated this in the cooling of an 

electronic cabinet. They found that an energy recovery of up to 500 W is possible using a single 12.7 

mm OD separated thermosyphon. This arrangement is illustrated in Figure 3. The principle of 



 

operation remains the same: the working fluid is vaporised in the evaporator section and runs in the 

vapour line to the condenser, where heat is removed and condensation occurs. Any vapour still present 

after the condenser is condensed in the liquid line. Here it is imperative that the separated condenser 

section be located at a relative position which is above the evaporator section. Consequently, the 

liquid line must have a net downward gradient toward the evaporator. To minimise flow losses, 

smooth walls must be employed in the riser and downcomer lines.  
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Figure 3 Separated thermosyphon loop arrangement 

An example of a practical application of separated thermosyphons are in air-conditioning 

applications. Wu et al (1997) used a separated-HPHE to control humidity in their experimental work. 

It is often desired to remove moisture from the incoming air. However, dehumidification and cooling 

are inseparable, and the air must often be reheated at high costs. In this case the condenser and 

evaporator sections can be separated and placed on either side of a dehumidifier as depicted in Figure 

4.  

50°C, wet air 50°C, dry air

Cooling coil Heating coilevaporator

condensor

riser

return

Condensate flow  

Figure 4 ñWrap aroundò dehumidifier thermosyphon schematic 



 

2.2.1 Thermosyphon characteristics 

Thermosyphons have many favourable characteristics that make them very viable heat recovery 

devices. Firstly, thermosyphons can act as thermal transformers. Energy can be added at a low heat 

flux over a large area and removed at a high heat flux over a small area (Faghri, 1995).  Thermal 

transformer ratios as high as 15:1 can be attained. Thus, the thermosyphons can be designed to 

maintain a constant temperature at the condenser section, even though the rate of the heat input to the 

evaporator may vary. Secondly, a thermosyphon requires very little maintenance and is a self-

contained, closed system that in most cases is easy to install. Finally, thermosyphons also have a very 

high thermal conductance, up to a 1000 times higher than an equivalent copper pipe in similar 

conditions (Russwurn, Part 1, 1980).  

Thermosyphon performance characteristics are often dependant on the air-to-wall heat transfer 

characteristics, the wall conductance of the tube walls and the internal heat transfer coefficients of 

the condenser and evaporator. The latter characteristics are very important and complex to calculate, 

and these will be discussed in turn. 

Inside condenser heat transfer coefficient  

The vapour that condenses in the condenser section can condense in two ways, either filmwise 

condensation ï which forms a continuous liquid film and runs down the tube wall ï or dropwise 

condensation, which forms droplets that run down the tube wall. Dropwise condensation is highly 

unlikely and thus filmwise condensation is usually modelled in the condenser section. Whalley 

(1987), states that Nusselt theory can be used to find the heat transfer coefficient.  

Inside evaporator heat transfer coefficient  

The falling film of working fluid propagated in the condenser section continues into the evaporator 

section. The sub-cooled fluid film is heated as it flows down the evaporator section. If the saturation 

temperature is reached before it reaches the liquid pool, some of the liquid from the film will 

evaporate. In total, three boiling mechanisms may occur: nucleate, convective and film boiling. 

Nucleate boiling - in which vapour bubbles form from nucleation sites in the liquid pool - is generally 

accepted as the dominant form of boiling. However, the actual boiling process is very difficult to 

model and the heat transfer correlations are usually experimentally determined.  

Many sources document different correlations for determining heat transfer coefficients. Correlations 

are found in Whalley (1987) and Pioro (1997). Care should be exercised in using them as the results 

are sometimes very different. Dobson & Kroger (1999) document correlations for ammonia charged 

thermosyphons, which give results within 10 % of the experimental results. They also evaluated 

existing correlations for the pool boiling heat transfer coefficients and found that these estimations 

were 57 % under the experimental values for ammonia. 



 

Dobson & Pakkies (2002) investigated the heat transfer correlations for an R134a charged two-phase 

thermosyphon. Liquid charge fill ratios of 50 % were used and the experiments were conducted for 

vertical and inclined cases. They established that the maximum heat transfer rate is at an inclination 

angle of 45° and is approximately 40 % higher than the vertical inclination. Meyer (2003) investigated 

heat transfer correlations for R134a and butane. Again, liquid charge fill ratios of 50 % were used 

and the experimental errors of 5 ï 15 % were found for both butane and R134a. 

2.2.2 Performance parameters of thermosyphons 

Thermosyphons are subject to various limitations and factors which influence their performance; 

these include flooding, entrainment, dryout and boiling limitations as well as other miscellaneous 

factors. These factors are discussed below. 

Flooding and entrainment limits 

As the vapour moves from the evaporator to the condenser and the liquid film moves in the opposite 

direction, viscous forces arise that decelerate the liquid film. The vapour velocity is dependent on the 

heat input to the evaporator, while in turn the viscous shear force on the surface of the liquid film is 

dependent on the vapour velocity. Thus if the heat input becomes large enough, the viscous shear 

forces may eventually become so large that the liquid film is entirely prevented from moving back 

from the condenser to the evaporator. When this occurs, the thermosyphon is said to be flooded. If 

additional heat is added, the vapour velocity becomes even larger and the thermal-fluid condition 

becomes unstable. This instability causes liquid droplets at the surface of the liquid film to be sheared 

from the film completely, becoming entrained in the vapour. When this occurs the entrainment limit 

is reached. The flooding limit can be predicted by using the Wallis (1969) and Kutateladze (1972) 

correlations.  

The liquid fill charge ratio also plays a vital role in the flooding limit. This parameter is defined as 

the ratio of the volume of the liquid phase of the working fluid to the thermosyphon's volume or the 

evaporator volume. It is imperative to define whether the fill ratio is relative to the thermosyphon or 

the evaporator volume. The role the fill ratio plays on the flooding limit is summarised as follows by 

Lock (1992): for small charge fill ratios, the heat transfer limit increases as a power of the filling 

ratio. For large charge ratios, the heat transfer limit stays approximately constant. Pioro (1997) 

suggests that the actual quantity of working fluid should be between 30-33 % of the thermosyphons 

volume and if the condenser length is longer than the evaporator, the fill ratio should be up to 50 % 

of the evaporator. The effects of charge fill ratios were investigated by Park et. al (2002). Their results 

showed that the effect of the fill charge ratio on the heat transfer coefficient were negligible when 

using a copper container and FC-72 as working fluid. The experiments were conducted in the range 



 

of 50 ï 650 W and 10 ï 70 % charge fill ratios. However, the condenser heat transfer coefficients 

were not influenced by the fill ratio. 

Dry-out limitation 

The dry out limitation refers to a condition in which the bottom of the evaporator is completely dry. 

This usually occurs when the liquid charge fill volume is very small and the radial heat flux around 

the evaporator is very large. The liquid film flowing down the tube wall approaches zero thickness as 

it reaches the bottom of the evaporator. This causes that the entire amount of working fluid is 

circulated as vapour or as a falling film. If the heat flux increases, the net result is that the film length 

in the evaporator becomes shorter and thus approaches zero thickness higher in the evaporator, 

leaving the lower section of the evaporator completely dry and shortening the effective evaporator 

area. The evaporator wall temperature thus increases but the heat transfer stays constant.  

Boiling limitation 

This phenomenon occurs when the liquid charge fill ratio is high and the heat flux in the evaporator 

area is very large. If the heat flux increases, nucleate boiling occurs. At a critical heat flux, vapour 

bubbles coalesce close to the wall, preventing liquid from touching the tube wall. The tube wall 

temperature increases rapidly, to compensate for the loss of heat flux because the vapour has a higher 

thermal resistance, not allowing heat flow into the liquid. This is analogous to the effect of air between 

two walls in a housing structure.  

Miscellaneous factors 

Geometric properties play an important role in the performance of a thermosyphons. Varying the 

diameter can have a profound effect on liquid and vapour interactions in the condenser (Pioro, 1997). 

The evaporator and condenser lengths also determine the amount of heat transferred from each 

section, effectively increasing or decreasing the heat transfer surface area. Pioro (1997) also states 

that experiments have been conducted to determine if the adiabatic section between the condenser 

and the evaporator has an effect on heat transfer and this effect was found to be negligible in 

comparison to other geometric parameters. However, Abou-Ziyan et al. (2001) investigated the effect 

of adiabatic length on the performance of thermosyphons. The tests were conducted using water and 

R134a as working fluids. Their results indicated that as the adiabatic length increases, so does the 

heat transfer capabilities. They also found that optimum heat transfer takes place at fill charge ratios 

of 50 % of the evaporator volume. 

The next miscellaneous consideration is the working fluid. Depending on the temperature ï which 

determines the pressure of the vapour ï one selects a working fluid. The temperature is important to 

ensure that the working fluid remains in a stable condition and does not break down into its separate 

chemical components. Low pressures naturally ensure that the thermosyphon does not leak or burst. 



 

Pioro (1997) states that a working fluid should have a high latent heat of vaporisation so that large 

amounts of heat can be transferred at low vapour flow rates. Most importantly, the critical parameters 

of the working fluid should be above the operating temperature. For the reasons stated above, water 

is the best working fluid. It transmits more heat than other working fluids, it is cheap, readily available 

and fire and explosion resistant. However, the high pressures encountered in operation (20 bar @ 180 

°C) and difficulty of charging the HPHE without specialised machinery deems it too dangerous for 

the scope of this project.  

Another factor to be considered is the thermosyphons inclination angle. Payakaruk et al. (2000), 

investigated the effect of inclination angles from 0 -70Á with copper thermosyphons with IDôs of 7.5, 

11.1 and 25.3 mm and working fluids R22, R134a, R123 and water. Their results showed that the 

heat transfer rate is increased at inclination angles of 30 ï 70° and that working fluids with high latent 

heats of vaporisation conduct larger amounts of heat.   

2.3 Heat Pipe Heat Exchangers 

For any thermal process in which heat is generated, heat has to be removed. This heat that is removed 

often is waste heat and is usually of sufficient thermal quality to be employed into the thermal system 

as a preheater or heat source for another subsystem. General industry guidelines divide waste heat 

categories according to temperature ranges: low (T< 230 °C), medium (230° - 650 °C) and high (T> 

650 °C). Heat exchangers transfer heat or recover heat from waste heat streams. 

Heat exchangers can be split into various categories according to their flow configurations and their 

functions. Flow configurations include single stream, parallel-flow two stream, counterflow two 

stream and cross flow two stream. In single stream heat exchangers, the temperature of only one fluid 

changes and the direction of fluid flow is irrelevant. Examples include boilers and condensers. 

Parallel-flow two stream heat exchangers have the fluid streams flowing parallel to each other in the 

same direction (McQuay, 2001). Examples include shell and tube heat exchangers. In counterflow 

heat exchangers, fluids flow parallel but in opposite directions to each other, this increases the 

effectiveness above that of a parallel flow two stream heat exchanger. Cross flow two stream heat 

exchangers have the fluid streams flowing at right angles to each other.  

Heat exchangers may also be classified as recuperative or regenerative. In recuperative heat 

exchangers the hot and cold fluid streams do not mix and heat transfer takes place from the hot stream 

to a barrier by convection, through the wall by conduction and from the wall to the cold fluid stream 

by convection. In regenerators, heat is removed from the hot fluid stream and transferred to the cold 

fluid stream by a temperature source.  



 

Heat-pipe-heat-exchangers (HPHE) can be classified as liquid-coupled indirect heat transfer type heat 

exchangers that use thermosyphons or heat pipes as the main heat transfer mechanism (Meyer, 2003). 

An industrial HPHE is illustrated in Figure 5. HPHEôs can be used for liquid-to-liquid, gas-to-liquid 

and gas-to-gas heat exchange. The evaporator section of the HPHE must be in the hot or waste fluid 

stream and the condenser section in the cold fluid stream. One can also enhance the rate of heat 

transfer by adding fins to the thermosyphons.  

 

Figure 5 An industrial HPHE (Taken from china-heatpipe.net) 

HPHEôs have numerous advantages over conventional heat exchangers, these can be summarised as 

follows (McQuay (2001)): 

¶ Thermosyphons, and thus HPHEôs, have no moving parts like gears or belts  

¶ No auxiliary fluid power requirements for lubrication for example 

¶ Heat transfer rate can be adjusted by inclining the HPHE. 

¶ HPHEôs are redundant in their very design, if a thermosyphon fails, the HPHE is still 

operational 

¶ Cross contamination of fluids is prevented 

¶ HPHEôs can be used as thermal transformers 

HPHEôs are also relatively simple to incorporate into a variety of thermal systems because of their 

design simplicity. This is proven by the various industrial applications in which HPHEôs are 

employed. Various researchers have also proven the viability of HPHEôs as heat recovery devices. 

Yang et al. (2003) used a HPHE to recover heat from the exhaust gas of an automobile, using the 

recovered heat to warm incoming air to provide thermal comfort for the passengers and recovered up 

to 6.5 kW.  

 

Zhang & Zhaung (2003) investigated the use of HPHEôs as air preheaters and heat exchangers; their 

findings are given by way of Table 1. They used 20 different structure types of 25 ï 32 mm in diameter 

and 1.2 ï 2 m in length in over 300 different operating conditions. For a case of using the HPHE as 



 

an air preheater, a heat recovery of close to 12000 kW was obtained. This illustrates the possible 

savings attainable from such a heat exchanger in larger plant applications. 

   

Adding fins to the thermosyphons further enhances the heat transfer capabilities of the HPHE. 

Furthermore, thermosyphon material also has a large influence on heat transfer capabilities. 

Lukitobudi et al. (1995) studied the design and testing of a HPHE for a medium temperature 

application. Water as the working fluid was charged in copper pipes of OD 15.88 mm and 

thermosyphon, evaporator and adiabatic lengths were 300, 300 and 150 mm respectively. The results 

showed that effectiveness values using copper instead of steel thermosyphons were increased from 

6.2 ï 49 % to 17.5 ï 63 %. 

Table 1 HPHE configuration (adapted from Zhang & Zhaung, 2003) 

Pipe size [mm] OD 51, t = 4.5, L = 6000, 1914 pieces 

Heat Exchanger size [m] Height 6.4, Length 2.4, 

Inlet width 13.7, Outlet width 10.37 

 Flue gas Air  

Flow rate [Nm3/h] 238000 195860 

Inlet temp [ęC] 297.7 54.8 

Outlet Temp [ęC] 171.2 228.7 

Pressure Drop [Pa] 580 280 

Heat Recovery [kW] 11970 

2.4 Enthalpy Wheels and Plate Heat Exchangers 

Enthalpy wheels are air-to-air rotating heat recovery devices coated in a desiccant material. These 

devices recover sensible and latent heat. Sensible heat is the heat that can be felt or measured in terms 

of a temperature scale while latent heat refers to the moisture content of the air. The fact that they are 

able to recover sensible and latent heat means that relatively high thermal efficiencies can be attained 

(Hovac, 2002). The rotor, which has smooth axial channels, serves as the storage mass: half of which 

is in the hot air stream and the other half of which is in the cold air stream. The storage mass is heated 

or cooled as it rotates, thus the heat transfer and storage mass temperature vary in the axial direction 

as well as the angle of orientation of the rotor. From this fact one can conclude that the heat transfer 

can be influenced by the speed of rotation and the storage massô dimensions. The process is explained 

referring to Figure 6 below.  
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Figure 6 Enthalpy wheel operation 

At point 1 the air channel in question is practically at the cold air temperature, very dry and has just 

entered into the hot air stream. This is especially true on the cold air inlet side/warm air outlet side. 

Warm air now flows through the channel and severe cooling of the air takes place. This in turn heats 

the storage mass. At this point the heat recovery efficiency is very high and condensation can possibly 

occur. 

By the time the storage mass reaches point 2, it has been heated and moisturised substantially and 

thus the heat transfer rate decreases. The air is no longer cooled as much due to this fact. The channelsô 

axial temperature profile is essentially uniform. Condensation can only occur at this stage if the 

humidity difference is very large.  

As the storage mass reaches point 3, the warm inlet side has virtually reached the warm air stream 

temperature and is highly moisturised. The heat transfer rate is now very low. As the storage mass 

moves towards point 4, it moves into the cold air stream. Heat and mass transfer is again severe due 

to the large temperature and moisture differences between the storage mass and the air stream. The 

cold air is thus heated and moisturised. Most of the condensate on the storage mass is taken up by the 

cold air stream. There is also a distinct temperature gradient in the axial direction of the storage mass. 

At point 5, the storage mass has been cooled substantially and lost even more moisture. Again, as 

with point 2, the temperature profile in the axial direction of the storage mass is relatively uniform. 

By the time point 6 is reached, the storage mass has been severely cooled and little heat transfer takes 

place. The storage mass then passes again into the warm air section and the cycle is repeated. 

The distinct advantage of employing an enthalpy wheel as a heat recovery device is that, due to the 

total (sensible and latent) heat transfer properties, higher recovery efficiencies can be obtained. 

Furthermore, the air streams can be orientated in any position, side by side or top and bottom 

(McQuay, 2001). The enthalpy wheel can also accommodate high face velocities, which implies that 



 

the equipment can be relatively compact. Additionally, the storage masses provide a low pressure 

drop. 

However, McQuay (2001) also highlights the various disadvantages of enthalpy wheels, the main 

disadvantage being the fact that it has moving parts. Furthermore, Staton (1998) explains that the 

specialised materials used in some enthalpy wheels are very expensive and tough to manufacture. 

One also has to consider the fact that the wheelsô mechanical parts (belts, motor etc.) will require 

timeous maintenance. Additionally, cross contamination is very likely to occur, this makes enthalpy 

wheels highly unsuitable for applications that require a bacteria free supply air, like hospitals, 

pharmacies and food processing plants. The manufacturing of the wheel itself, with its very small air 

channels, is also costly. 

Plate heat exchangers are heat exchangers that use metal plates to transfer heat between two fluids. 

The heat exchanger consists of a pack of corrugated metal plates which have portholes for the fluids 

to flow through. The corrugations promote fluid turbulence, which enhances heat transfer. The plates 

are packed between a fixed and movable end plate and have gaskets to prevent leakage. The channels 

are arranged as such that the two fluids flow through alternate channels. An example of a plate heat 

exchanger is depicted in Figure 7. 

 

 

Figure 7 Exploded view of a plate heat exchanger (obtained from 

http://targetequipments.com/plate_heat_exchanger_manufacturers.html) 

DeWatwal (2009) lists the advantages and disadvantages of plate heat exchangers as follows: 

Advantages 

¶ High thermal effi ciency and a close temperature approach 

¶ Large heat transfer surface area per unit volume 

¶ Small mass 

¶ Multi -fluid stream operation (up to ten streams can exchange heat in one heat exchanger) 



 

¶ No cross contamination 

Disadvantages 

¶ Limited range of temperature and pressure 

¶ Difficulty of cleaning passages 

¶ Difficulty of repair in case of failure or leakage between passages 

From the information presented in this section one can observe that HPHRHEôs are easier to 

manufacture, install and maintain throughout its life cycle and thus for the purpose of this study the 

other heat recovery options will not be considered further.  

2.5 Air Driers 

Drying is a process in which moisture is removed from a product by various modes of heat transfer 

such as radiation, convection and conduction. Mujumdar (1995) explains that radiation drying is a 

mode of drying that uses purely radiative energy, similar to microwave technology. Conduction 

drying is when a hot surface is at a distance from the material and the surrounding air is heated by 

conduction (no air movement), which decreases its relative humidity and thus allows moisture from 

the material to diffuse into the air. The heating surface never makes contact with the material. In 

convection drying the heating medium, usually air comes into direct contact with the material, causing 

diffusion of the moisture in the material into the air. Various types of driers exist, including spray, 

tunnel, freeze and tray driers. In this study a tray drier is used. A typical tray air dryer unit is illustrated 

in Figure 8 below. 
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Figure 8 A typical Air drier unit 

Many materials must not be dried too fast otherwise cracking and case hardening will occur. The 

equilibrium moisture content (the point at which the material has been dried for a long time and the 

product has the desired moisture content) is also an important parameter to prevent bacterial activity. 



 

The drying rate is dependent on the initial moisture content relative to the equilibrium moisture 

content of the material and other material properties such as bulk density. Drying rate can be classified 

as constant rate drying or falling rate drying and the mode of drying depends on the moisture content 

of the material relative to the equilibrium content at a specific point in time. Another factor that 

influences the drying time of a material is its composition. While materials have an infinite amount 

of compositions, for the purposes of this study three different compositions are considered. A porous 

material is a material consisting of a ñmatrixò like skeleton and many voids. These materials are 

usually characterised by their porosity. Due to the large amount of voids, the flow of moisture through 

these materials is relatively easy. Cellular materials consist of large amounts of cells, joined by their 

membranes to neighbouring cells. The cells have a very high moisture content and thus initially will 

allow easy moisture flow, however, as the cells on the outside of the material dry out, the moisture 

flow is resisted by the irregular shapes of the cells. Granular materials consist of separate solid entities 

and the grains are typically irregular shaped. This should cause the highest moisture flow resistance. 

In constant rate drying, the drying surface is supplied in excess with liquid due to capillary action 

(Dobson, 2001). A layer of saturated liquid can be observed on the surface of the drying material. 

The liquid then vaporises due to the heat transfer between the air and the material and it then diffuses 

into the air stream. The evaporated liquid is soon replenished by the next layer of liquid. The rate at 

which this layer of liquid can be replenished usually controls the drying rate. 

Falling rate drying occurs after the constant rate drying period. This period is characterised by a 

reduction of liquid area on the surface of the material and progressively slower drying times. The 

drying rate now only depends on the air temperature and the geometric properties of the material and 

is not influenced as much by the properties of the air (Sharma et al, 2001). Drying in this case is 

controlled by the ability of the water to diffuse to the surface of the material. 

  



 

3 THEORY  

Section 3 describes the thermal modelling of a single thermosyphon, HPHE and drying theory and 

lists the equations used in the various models.  

3.1 Single Thermosyphon Model 

Consider a single thermosyphon and its inputs and outputs as illustrated in Figure 9. Heat is 

transferred (in the case of the evaporator) from the hot fluid stream, through the pipe wall and into 

the refrigerant inside the thermosyphon. The heat transfer occurs in the opposite direction for the 

condenser section. 
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Figure 9 Thermal resistance model of a single thermosyphon 

The thermal resistance diagram shown in Figure 9 indicates all the relevant parameters when 

evaluating the thermal performance of a thermosyphon. These parameters include all the thermal 

resistances and the temperature differences across these resistances that cause energy/heat to flow in 

the direction of the negative temperature gradient. The heat transfer rates of the condenser and 

evaporator sections can be expressed as 
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Assuming no losses in the thermosyphon along its length and radial directions of the pipe, the 

evaporator and condenser heat transfer rates must be equal, thus 
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                        (3.3) 



 

Equation 3.3 can be rearranged and the inside temperature, Ti, eliminated to yield the overall heat 

transfer for the heat pipe as 
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where 
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The evaporator and condenser thermal resistances represented in the above equations is a combination 

of the outside, wall and internal resistance of the thermosyphon and are given below  

ВὙ Ὑ Ὑ Ὑ                    (3.8) 

ВὙ Ὑ Ὑ Ὑ                    (3.9) 

These resistances will be described individually in the following section. 

3.1.1 Evaporator internal heat transfer resistance 

The liquid which condenses in the condenser forms a falling film down the wall of the heat pipe as 

discussed in Section 2.2.1. In normal operating conditions, this film persists into the liquid pool at the 

bottom of the evaporator. For this reason, nucleate and evaporative boiling may occur in the 

evaporator depending on the heat transfer rate. Of the three possible boiling mechanisms that can 

occur ï nucleate, convection and film boiling ï it is established practice to assume nucleate boiling 

occurs in thermosyphons. 

The liquid pool can be divided into three heat transfer sections: natural convection, nucleate boiling 

and combined convection. In the latter, the former modes combine and contribute to heat transfer. El-

Genk and Saber (1997) investigated the liquid pool and liquid film regions in the evaporator. When 

natural convection is assumed, the heat transfer coefficient can be given as 
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where the Raleigh number can be written as, 

Ὑὥ                            (3.11) 

the nucleate boiling heat transfer coefficient can be given as 

Ὤ ρ τȢωυʕὬ                     (3.12) 

and the Kutateladze heat transfer coefficient can be written as 
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The mixing pool coefficient indicates the contribution by mixing, sliding, and slushing of bubbles as 

they rise to the nucleate boiling heat transfer and is given as 

‪
Ȣ Ȣ

Ȣ

               (3.15) 

thus the combined convection coefficient can be expressed as 

Ὤ Ὤ Ὤ Ȣ                     (3.16) 

To easily identify the different heat transfer regimes, El-Genk and Saber (1997) also introduced a 

dimensionless pool parameter X, which is defined as 

ὢ  ‪ὙὥȢὖὶȢ
ϳ

Ȣ

ὙȢ              (3.17) 

with 

Ὑ                     (3.18) 

and the bubbly length scale as 

ὒ „
Ὣ” ”                     (3.19) 

For Natural Convection ὢ ρπ 

For Nucleate boiling ὢ ςȢρ ρπ 

For combined convection ρπ ὢ ςȢρ ρπ 

Similarly, the film region can also be divided into three heat transfer sections: laminar convection, 

nucleate boiling and combined convection. The wall heat flux exponent, n, is used to classify the 

regimes 

The laminar convection heat transfer coefficient is given by the equation 

Ὤ Ὑ                     (3.20) 

Where n = 1/3 

When the wall heat flux exponent is between 0.6 <n< 0.7, the nucleate boiling assumption is valid 

and is given as 
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       (3.21) 

Where Nµf is the viscosity number and is given by the equation 

ὔ Ȣ                       (3.22) 

and  

ώ Ȣ                         (3.23)  

Using a similar formulation to equation 3.16, the combined convection coefficient can be obtained as 

Ὤ Ὤ Ὤ Ȣ                       (3.24) 

The liquid film is evaluated by introducing the dimensionless film parameter to differentiate between 

the different heat transfer regimes and is defined as 

– Ὑ                     (3.25) 

Where for  

Laminar convection – ρπ 

Nucleate boiling – ςȢχ ρπ 

Combined convection ρπ – ςȢχ ρπ 

The boiling mechanisms and equations described above provide a relatively easy analytical analysis 

of the inside heat transfer coefficient. However, the fluid flow inside the thermosyphons is often a 

mixture of two phase flow regimes resulting in a very complex flow pattern. For this reason 

experimental correlations often have to suffice to provide the inside heat transfer coefficients. Imura 

suggested the following inside heat transfer coefficient (Pioro & Pioro, 1997) 

Ὤ πȢσς
Ȣ Ȣ Ȣ Ȣ Ȣ

Ȣ Ȣ Ȣ

Ȣ

              (3.26) 

Shiraishi used the same equation to correlate his data, but changed the exponent 0.3 to 0.23 

Ὤ πȢσς
Ȣ Ȣ Ȣ Ȣ Ȣ

Ȣ Ȣ Ȣ

Ȣ

             (3.27) 

For these equations to be valid, the following conditions were adhered to: ή= 1000 ï 35000 W/m2, 

Tsat = 32 ï 60 °C and V+ = 50 ï 100 % 

Semena proposed the following relation (Pioro & Pioro, 1997)  
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where 
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ὖ
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                      (3.29) 
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with their data set comprising of: ή φπππρρπππππ W/m2, V+ = 20 ï 50 %, di = 6 ï 24 mm and 

Levap = 0.25 ï 0.7 m. 

The inside heat transfer coefficient can also be predicted by Nusselt theory according to Whalley 

(1987) as 

Ὤ
Ѝ

Ȣ

                   (3.31) 

With the heat transfer coefficient and internal area known, the thermal resistance can be obtained as 

Ὑ                            (3.32) 

with 

ὃ “Ὠὒ                          (3.33) 

3.1.2 Condenser internal heat transfer resistance 

The vapour formed in the evaporator rises and cools again in the condenser. This condensate can 

return to the evaporator either by filmwise or dropwise condensation. The latter is difficult to model 

and thus filmwise condensation is always used to model the condensation process in the tube. The 

assumptions are that the difference in temperature between the tube wall and the vapour are constant 

and that there are negligible shear stresses between the vapour and liquid phases. Faghri (1995) gives 

the local heat transfer coefficient as 

Ὤ
Ȣ Ў

Ў

Ȣ

             (3.34) 

the Nusselt number relation locally is thus 

ὔόᶻ
Ȣ

                    (3.35) 

the local Nusselt number can also be given as 

ὔόᶻ πȢφωσὙ Ȣ                        (3.36) 

where 



 

Ὑ
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                        (3.37) 

The average heat transfer coefficient for the condenser can be obtained by finding the integral of the 

local heat transfer coefficient for the entire length of the condenser 

Ὤ ᷿ ὬὨᾀ
Ѝ Ȣ

Ȣ

      (3.38) 

and the average Nusselt number again obtained similarly to equation 3.36 

ὔόᶻ
Ȣ

πȢωςυὙ ȟ
Ȣ              (3.39) 

where 

Ὑ ȟ                         (3.40) 

Faghri (1995) also gives relations for the heat transfer coefficients over different flow regions for the 

following conditions 

Ὂέὶ Ὑ ȟ σςυ 

Ὤ πȢωςυὙ ȟ
Ȣ

Ȣ                  (3.41) 

Ὂέὶ Ὑ ȟ σςυ 

Ὤ πȢπρστὙ ȟ
Ȣ

Ȣ                  (3.42) 

Uehara et al. (1983) however propose the following correlations (Faghri, 1995) 

 

Ὂέὶ πȢυ Ὑ ȟ Ὢɲ σςυὖὶȢ  

Ὤ πȢψψτὙ ȟ Ὢ                (3.43) 

Ὂέὶ Ὑ ȟ Ὢɲ σςυὖὶȢ  

Ὤ πȢπττὙ ȟ Ὢ ὖὶ              (3.44) 

The following equation is attributable to Wang and Ma (1991) and is presented as (Faghri, 1995) 

Ὤ Ὤ ὖȢ πȢτρπȢχςὠ ὼώ  (3.45) 

where 



 

ὼ φςȢχὠ ρτȢυὠ χȢρ                                                              (3.46) 
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ρπππ                                                                                   (3.47)   

and ὠ ὠ ὠϳ πȢρ for their experiments, hz is the Nusselt heat transfer coefficient and f is 

measured from the vertical. Once the heat transfer coefficient is calculated, the thermal resistance is 

calculated as follows 

Ὑ                           (3.48) 

where 

ὃ “Ὠὒ                         (3.49) 

3.1.3 Thermal resistance across the thermosyphons walls 

To obtain the thermal resistance across the walls, Fourierôs law of conduction through a cylindrical 

layer may be used (Cengel, 2004) 

ὗ ς“Ὧ ὒ
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                  (3.50) 

and 

Ὑ ȟ
Ⱦ

                      (3.51) 

3.1.4 Outside heat transfer resistance 

Forced and natural convection analysis is utilised to find the heat transfer coefficient for a 

thermosyphon. Natural convection is used to analyse the single thermosyphon, while forced 

convection is used to find the heat transfer coefficient for a tube bundle as presented in Section 3.2. 

Churchill proposed the following relations 

Ὂέὶ ὰὥάὭὲὥὶ ὪὰέύȟὙ ρπ 

ὔό πȢφψπȢφχὙ ɰ Ȣ                   (3.52) 

Ὂέὶ ὸόὶὦόὰὩὲὸ Ὢὰέύȟρπ Ὑ ρπ 

ὔό πȢφψπȢφχὙ ɰ Ȣ ρ ρȢφ ρπὙ ɰ Ȣ      (3.53) 

where 

ɰ ρ
Ȣ Ȣ Ȣ

                  (3.54) 

having these relations, the outside heat transfer coefficient can be calculated as 

Ὤ ȟ
ȟ

ὔό.                    (3.55) 

The thermal resistance can then be determined in similar fashion to equation 3.48. 



 

3.2 Heat Exchanger Model 

A HPHE consists of a collection of tubes that are orientated in a staggered or aligned sequence relative 

to the flow direction and can be finned or un-finned. The common tube bank configurations used in 

industry consist of un-finned individual tubes, plate-and-tube and individually finned tubes. These 

configurations are analysed to establish an outside thermal resistance and added to the wall and 

internal resistances to yield an overall thermal resistance value. The internal and wall resistances are 

simply modelled as described in Section 3.1, while the outside thermal resistances area calculated by 

the theory discussed in this section. 

3.2.1 Un-finned indivi dual tubes 

This tube bank configuration consists of tubes that have no fins and can be arranged in an aligned or 

staggered manner. The arrangements are indicated in Figure 10 
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a) b)  

Figure 10 Un-finned tube bundle configurations, a) aligned, b) staggered 

To find the Reynolds number the velocities between the tubes need to be calculated. Due to the fact 

that the flow area decreases when the fluid is in-line with the specific tube row and the air has no 

other route to discharge, the velocity needs to be adjusted to maintain the mass balance. This can be 

expressed as 

ὠ ὠ                        (3.56) 

the Reynolds number can then be found using standard fluid flow relations 

ὙὩ                           (3.57) 

the Churchill relations can then be used to find the average Nusselt number between two adjacent 

tubes in the same row 
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Ὂέὶ ς ρπ ὙὩ τ ρπ 
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If the tube bank has fewer than 10 rows, the average Nusselt number is given as 

ὔό ὔό                     (3.61) 

for tube banks of more than ten rows the average Nusselt number is calculated as 

ὔό ‰ὔό                        (3.62) 

the arrangement factor ű  can be expressed as 

‰ ρ
Ȣ
Ȣ

Ȣ

Ȣ
                  (3.63) 

‰ ρ ὖ                     (3.64) 

The dimensionless transverse and longitudinal pitches used in the factor Ɋ are 

‪ ρ “
τὖ if PL Ó 1                    (3.65) 

‪ ρ “
τὖὖ if PL < 1                   (3.66) 

and the pitches are 

ὖ
Ὓ
Ὠ ὥὲὨ ὖ

Ὓ
Ὠ                  (3.67) 

Once the Nusselt number is obtained the heat transfer coefficient can be calculated as in equation 

3.55. The thermal resistance is calculated by using equation 3.68 below, and factoring in the fact that 

the total thermal resistance takes into account all the tubes in the tube row 

Ὑ ȟ
ȟ ȟ

                     (3.68) 

where 

ὃ ȟ “Ὠὒ ȟ ὔ                  (3.69) 

3.2.2 Plate-and-Tube configuration 

This configuration consists of circular tubes connected by continuous plates at set spaces from each 

other along the length of the tubes. Figure 11 illustrates this.  
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Figure 11 Plate-finned tube bundle configuration 

The arrangement of the tubes can be staggered or aligned, but general practice is to have a staggered 

tube layout. Meyer (2003) presents a method described by Kroger (1998) to analyse the control 

volume, and this method is utilised. The control volume used in the analysis is illustrated in Figure 

12  
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Figure 12 Plate-and-tube control volume, a) plan view b) cut-away view 

The frontal flow area is given as 

ὃ Ὓὖ                         (3.70) 

the flow area is then decreased when the fluid moves past the tubes, this minimum free flow area is 

given as 

ὃ Ὓ Ὠ ὖ ὸ                    (3.71) 

an area ratio can then be defined as 

„
ὃ

ὃ                         (3.72) 

the area of the plate/fin in contact with the air stream is the longitudinal and transverse pitches, minus 

the total area of the tubes in the control volume area for the upper and lower plate, thus 

ὃ ςὛὛ
“Ὠ

τ                    (3.73) 

hence, the total area of the control volume exposed to the air stream is  

ὃ ὃ ὖ ὸ “Ὠ                  (3.74) 



 

the mass velocity through the minimum free flow area is 

Ὃ ά
ὃ                         (3.75) 

and the hydraulic diameter can be calculated as 

Ὠ
τὃ Ὓ

ὃ                       (3.76) 

from this the Reynolds number can be calculated as 

ὙὩ
Ὃ Ὠ

‘                        (3.77) 

Pioro (1997) suggests the method used by Colburn to calculate the heat transfer coefficient by 

obtaining the Colburn j-factor. 

Ὦ ὛὸὖὶȢ
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                (3.78) 

For tube banks with 4 or more rows, Nuntaphan et. al (2002) proposed the adjustment expressed 

below 

Ὦ πȢρτὙὩȢ
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            (3.79) 

and Webb (1992) proposed the following for tube banks of less than 4 rows 

Ὦ πȢωωρὮ ςȢςτὙὩȢ
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       (3.80) 

once the Colburn j-factor is found, the heat transfer coefficient can be obtained using equation 3.78, 

the thermal resistance is then given as 

Ὑ ȟ
ȟ ȟ ϳ

                 (3.81) 

3.2.3 Plain individually finned tubes  

This configuration consists of individual circular tubes which have circular finned tubes along their 

length at set distances. The configuration is illustrated in Figure 13  
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Figure 13 Individually finned tube a) configuration and b) control volume 



 

The method of analysis is the same as in Section 3.2.2, however, the Colburn j-factors differ and are 

given by Webb (1992) for more than 4 tube rows as 
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              (3.82) 

and for less than 6 rows 

Ὦ Ὦ ρ
Ȣ

                     (3.83) 

where s is the spacing between two fins and e is the fin height given by 

ί ὖ ὸ    ὥὲὨ    Ὡ  Ὠ Ὠ ςϳ               (3.84) 

The heat transfer coefficient and the thermal resistance is calculated similar to Section 3.2.2 

3.4 Drying Theory 

Drying is a very energy intensive process. Mujumdar (2001) states that drying consumes up to 10 % 

of the total energy required in the food industry. Compounding this is the fact that drier selection is 

often driven by desired product quality and not by energy considerations. Thus it is important that an 

energy minimization mechanism be incorporated into the drying system.  

Drying can be stated as any process which involves moisture removal from a product by a heat and 

mass transfer process. Heat transfer causes liquid on the surface of the product, which is exposed to 

the air stream, to evaporate and forces the vapour pressure of the moisture to be higher than the 

surrounding air. Mass transfer is driven by the concentration differences between the inside and 

surface of the product and likewise by the difference between the surface and the surrounding air. 

These mechanisms will be discussed in the following sections for the material and the air drying 

process. Unless otherwise stated, all information is obtained from Dobson (2001) and Mafokeng 

(2011). 

3.4.1 Heat transfer mechanism 

Consider a flat sample, as depicted in Figure 14, of a material that is to be dried. Heat is transferred 

by conduction, convection and radiation (Cengel, 2006). Radiation is assumed to be incorporated in 

the convective heat transfer mechanism and is not considered exclusively in this document.  

Conduction occurs when energy is transferred from particles at a higher state of energy to particles 

with a lower state of energy within a body. In drying it plays an important role because it allows heat 

transfer within the material being dried.  
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Figure 14 Mass sample 

Conduction can be determined from Fourierôs law 

ὗ Ὧὃ
Ў

Ὧὃ                      (3.85) 

Convection occurs when energy is transferred between a solid/fluid surface and an adjacent gas/fluid 

in motion. The convection heat transfer rate can be determined using Newtonôs law of cooling 

ὗ ὬὃὝ Ὕ                        (3.86) 

The change in temperature in the medium can be given by the conservation of energy equation 

Ў

Ў
ВὉ ВὉ                        (3.87) 

if the effects of kinetic and potential energy are ignored, equation 3.87 becomes 

Ў

Ў
ὗ ὗ                            (3.88) 

defining  

Ὗ άὧὝ                           (3.89) 

equation 3.88 can be written, after taking the limit, as 

άὧ                            (3.90) 

and substituting equation 3.85 into equation 3.90 yields the following 

άὧ Ὧὃ                          (3.91) 

thus the average temperature within the sample can be determined by 

                           (3.92) 

3.4.2 Mass transfer mechanism 

Mass transfer takes place when a component moves from one position to another within a medium or 

out of the medium. Component concentration difference drives mass transfer, analogous to 

temperature difference for heat transfer. Consider a flat plate as displayed in Figure 15  
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Figure 15 Concentration Mass sample  

The flat plate contains two components (A and B). The concentration of A in B varies along the x-

axis. The conservation of mass for the plate can be written as 

Вά Вά                          (3.93) 

Fickôs first law - which states that the molar flux of a component due to diffusion is directly 

proportional to the concentration gradient and inversely proportional to the distance of diffusion - can 

be used to determine the mass flow rate of component A from position 1 to 2. This is expressed as 

ὐ ᴼ Ὀ                        (3.94) 

and 

ά Ὀ ὃ                         (3.95) 

where ὐ ᴼ  is the rate of diffusion of component A and DAB the diffusivity of component A in 

component B. Also, the mass of component A in component B can be written a 

ά Ўὼὃὅ                           (3.96) 

therefore, 
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rearranging yields 
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             (3.98) 

And taking the limit yields Fickôs second law 

Ὀ                          (3.99) 

which characterises liquid diffusion in a product being dried.  



 

3.4.3 Air drying process  

The onset of drying occurs when the vapour pressure of the moisture on the surface of the drying 

product is higher than the vapour pressure of the air. Thus the moisture has to move from the inside 

of the sample to the surface from where it can evaporate. Moisture content determines the ñdrynessò 

of a product. This can be determined by measuring the mass of a sample and calculating the bone dry 

mass of the solids. The moisture content can be defined in two ways. The first defines the moisture 

content on a dry basis as 

ὢ  ὯὫ ύὥὸὩὶὯὫ ίέὰὭὨίϳ                (3.100) 

or on a wet basis as 

ὢ   ὯὫ ύὥὸὩὶὯὫ ύὥὸὩὶίέὰὭὨίϳ          (3.101) 

The equations above can be solved simultaneously to obtain the relationship between the two 

moisture content definitions as 

ὢ    έὶ   ὢ                   (3.102) 

The rate of change of the moisture content indicates the drying rate. As mentioned in Section 2.5, two 

distinct drying periods exist which are discussed below.  

Constant-rate drying 

Constant-rate drying occurs due to evaporation of the moisture from the surface of the product. The 

surface is supplied with an excessive amount of liquid by capillary action.  
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Figure 16 Moisture content of sample 



 

The rate of drying is determined by how much moisture can evaporate from the surface. Using Figure 

16, the moisture content of the sample, as a function of time, between points B and C can be given as 

ὢ ὥ ὦὸ                            (3.103) 

where the constants a and b can be expressed as 

ὥ ὢ ὸ   ὥὲὨ   ὦ                  (3.104) 

Falling-rate drying  

The falling rate drying period is controlled by the ability of the water to diffuse to the surface of the 

material. This is dependent on the material geometry, composition and the moisture content which is 

not uniform throughout the material. The local moisture content of the material is often not of 

practical importance and is difficult to measure, thus the average moisture content, ὢ, is of interest. 

The normalised moisture content can then be given, as a function of time, by the general solution to 

a second order differential equation 

— ὥὩ ὥὩ ὥὩ Ễ           (3.105) 

For small values of Dt/L2, in the region C to D of the drying curve, the first term of equation 3.105 is 

significant, and the normalised moisture content can be approximated by the equation 

— ὥὩ ὥ Ὡ                  (3.106) 

where 

ὦ
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              (3.107) 

A more involved solution requires evaluating the moisture content of the sample over its dimensions. 

Consider the moisture content of a sample over its length as depicted in Figure 17. 
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Figure 17 Moisture content of sample relative to position 

The average moisture content is defined by the area under the curve, 

ὃὶὩὥ ᷿ ὢὨὼ ᷿ὢὨὼ                    (3.108) 

where X  is the solution of the Ficks second law and is given by 
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Substituting and integrating yields the average moisture ratio and thus equation 3.106 can be written 

as 

— ςВ
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         (3.110) 

Table 2 indicates the values of the average moisture ratio as a function of Ὀὸὒϳ  calculated from 

equation 3.106. For three dimensional diffusion, the average moisture ratios of Ὀὸὒϳ , Ὀὸὒϳ , 

Ὀὸὒϳ  and their product will be the solution for a finite material, much like transient heat transfer is 

treated. 

 

 

 

 

 



 

 

 

Table 2 Dimensionless moisture ratio as per equation 3.106 (Dobson, 2001) 
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0.00 1 0.1 0.6432 1.1 0.0537 

0.01 0.8871 0.2 0.4959 1.2 0.0411 

0.02 0.8404 0.3 0.3868 1.3 0.0328 

0.03 0.8045 0.4 0.3021 1.4 0.0256 

0.04 0.7743 0.5 0.2360 1.5 0.02 

0.05 0.7477 0.6 0.1844 1.6 0.0156 

0.06 0.7236 0.7 0.1441 1.7 0.0122 

0.07 0.7014 0.8 0.1126 1.8 0.0095 

0.08 0.6808 0.9 0.0879 1.9 0.0074 

0.09 0.6615 1 0.0687 2 0.005 

In most cases the rate of change of the average moisture content is desired, for rectangular samples 

the drying rate can be obtained by simplifying and differentiating equation 3. 106 and solving for the 

drying rate yields  

ὢ ὢ Ὀ                   (3.111) 

if the diffusion coefficient, D, of a material in another material is known, the drying rate can then be 

determined using equation 3.111. 

3.4.4 Constant-rate drying period time prediction 

In the constant rate drying period, the surface of the drying material in contact with the air flow 

remains completely wetted, essentially acting as if the solid was not present. Thus the rate of 

evaporation is the same as for evaporation from a free liquid surface under the same conditions. 

Drying occurs by mass transfer from the surface to the environment. Thus, the rate of heat transfer to 

the free liquid surface plays an important part in this drying period. At steady conditions, the mass 

transfer from the surface to the environment, which is the rate of energy change from liquid to vapour, 

equals the rate of heat transfer into the material to be dried. A drying rate curve is shown in Figure 

18. 
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Figure 18 Typical drying rate curve 

It is assumed that the initial difference between the moisture content at the very beginning (XA) and 

the moisture content at the start of the constant-rate drying period (X0) is negligible. Neglecting 

effects of radiation and assuming the drying trays are metal matrices which store a negligible amount 

of heat energy, the drying equation can be written as 

ὗ ὬὃὝ Ὕ                           (3.112) 

where the subscript ñsò indicates the free liquid surface, which is at the wet bulb temperature of the 

air. The heat energy required to vaporise the water from the liquid surface is 

ὗ ά Ὤ                           (3.113) 

where, in this case, ά  is the mass flowrate of water from the liquid surface. These two equations 

can be equated and the following equation obtained 

ὗ ὬὃὝ Ὕ ά Ὤ                      (3.114) 

and rearranging gives 

ά                           (3.115) 

Alternatively, the mass flowrate from the surface could be obtained using Fickôs law 

Ὧ Ὧ ὅ ὅ Ὧ ὢ ὢ Ὧὖ ͽὝ ὖ     (3.116)  

rearranging equation 3.115 would yield the mass flowrate due to pressure differences. The heat 

transfer coefficient can be predicted using the following correlations 



 

For air flows parallel to the surface and velocities between 0.5 and 7.6 m/s 

Ὤ ρτȢσ”ὠ                             (3.117) 

and for air flows perpendicular to the surface and velocities between 0.9 and 4.6 m/s 

Ὤ ςτȢς”ὠ                             (3.118) 

Mass transfer    

As the air flows over the wet surface of the product, water is transferred to the air due to a moisture 

concentration difference. Analogous to heat transfer, the mass transferred from the surface to the air 

can be given as 

Ὧ ᶮ ᶮ                         (3.119) 

The mass transfer coefficient can be determined in a similar way to the heat transfer coefficient. The 

Sherwood number, which is equivalent to the Nusselt number, is calculated by the relation  

ὛὬ                              (3.120) 

The Schmidt number, which is the equivalent of the Prandtl number for heat transfer, can be defined 

as 

Ὓὧ                               (3.121) 

The Reynolds number of the air is also required. It is expressed as 

ὙὩ                               (3.122) 

Where d is a characteristic length calculated from the material geometry. The velocity, V of the air is 

calculated using the conservation of mass. Correlations between the dimensionless numbers exist for 

different drying applications and can be used in these respective situations. 

The drying time prediction for the constant rate drying period can be written as 

ά
ᴼ

                           (3.123) 

Combining equations 3.123 and 3.115 the drying time can be given as 

ὸO                           (3.124) 

3.4.5 Falling-rate drying period time prediction 

The falling rate drying period occurs from the critical moisture content (Xcr) to the equilibrium 

moisture content (Xe). The product temperature increases in magnitude above the wet bulb 

temperature and the moisture removal is controlled by the internal structure of the product. Thus, 



 

geometry also plays a role in this drying period. For an infinite plate geometry, for example a flat 

cake or rusks, the moisture content can be predicted by 

Ὡὼὴ
ᴼ

                       (3.125) 

Solving equation 3.125 the drying time for an infinite plate during the falling rate period can be 

written as 

ὸᴼ ÌÎ                       (3.126) 

for an infinite cylinder the drying time can be predicted by 

ὸᴼ ÌÎ                       (3.127) 

where ɓ is the solution to the first-order Bessel function which equals 2.4028. For a sphere,  

ὸᴼ ÌÎ                       (3.128) 

Using equations 3.126-128 and the constant rate drying time given in equation 3.124, the total drying 

time can be determined as 

ὸ ὸᴼ ὸO                           (3.129) 

  



 

4 ALGORITHM  

A simple iterative numerical solution is used to solve the heat transfer equations for each control 

volume shown in Figure 19. The energy balance equation is solved at each row of pipes and the 

obtained values used as the input values for the next row. Figure 19 illustrates that the air streams are 

adjacent, but the same reasoning applies for a separated-HPHE. The procedure is as follows: 

 

Figure 19 Numerical algorithm control volume 

The heat exchanger was originally specified for the installation at a local biscuit manufacturing plant, 

NibbliBits (Pty) Ltd. The geometric properties of the separated-HPHE were limited by the factory 

design specifications, and hence had the following specifications shown in Table 3: 
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Table 3 Heat exchanger specifications 

Working Fluid R134a 

Tube material Copper 

Plate material Aluminium 

Inlet hot temperature  72 °C 

Inlet cold temperature  15 °C 

Evaporator and condenser air mass 

flow rate  

0.7 kg/s 

Tube bank configuration Plate-and-tube 

Evaporator and condenser length 0.35 m 

Number of tube rows 6 

Number of tubes per row 11 

Longitudinal and transverse pitch 0.0381 m 

Fin pitch 10 Fins/in 

Fin thickness 0.0002 m 

Outside diameter of tubes 0.01588 m 

Inside diameter of tubes 0.01490 m 

A schematic of the heat exchanger is shown in Figure 20.  
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Figure 20 Separated-HPHRHE schematic 

A flow diagram of the computer program operation is shown in Figure 21 



 

 

Figure 21 Computer algorithm flow diagram 

Table 4 illustrates the program output for the specified inputs 

Table 4 Program predictions 

 Inlet, 

Outlet 

Row 

1-2 

Row 

2-3 

Row 

3-4 

Row 

4-5 

Row 

5-6 

Outlet, 

Inlet  

Hot Temperature 

[°C] 

71.98 69.55 67.12 64.69 62.26 59.83 57.46 

Cold Temperature 

[°C] 

28.73 26.56 24.12 21.84 19.56 17.28 15 

Total Pressure 

Drop [Pa] 
296.33 

Total heat load 

[W] 
12001.3 
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5 EXPERIMENTAL WORK  

This section describes the various experiments undertaken. The manufacturing, equipment and 

instrumentation used, calibration techniques, experimental setups and experimental procedures are 

all documented. 

5.1 Manufacture of Heat Exchanger 

The heat exchangers were manufactured by ColCab (Pty) Ltd and Mr G. Davids (ColCab) assisted in 

the design. The heat exchanger had the same specifications as given in Table 3, Section 4. The detailed 

heat exchanger design is shown in Appendix D. 

5.2 Experiments 

5.2.1 Equipment and instrumentation used 

The following equipment was used for the drying tests: 

¶ Load cells 

The EST-2 single point compression load cells were obtained from Technopark Control and 

Automation. The load cells had a capacity of 20 kg, a sensitivity of 2+/- 0.05 mV/V and a 

hysteresis of +/-0.02 %FS 

¶ Data acquisition system 

The data was processed using the Spider 8-600 Hz acquisition system and the Catman 

Professional Suite from HBM.  

¶ Temperature calibrator 

All thermocouples were calibrated using the Fluke 9142 Field Metrology Well. The serial number 

is B29291. 

¶ Temperature sensors 

Type ñJò temperature sensors were used to obtain the temperature at various points in the drying 

tests. The sensors were originally supplied by Unitemp and their part number is USAA1S-JS4UX 

¶ Hygrometers/anemometers 

RS 327-0640 hot wire anemometers were used to measure the air flow velocity in the drier. The 

anemometers have a measurement range of 0.2 ï 20 m/s, 0 ï 50 °C, a resolution of 0.1 m/s and 

an accuracy of +/- 1 % of the full scale. The part number is Q842567. 

¶ Fans 

The fans were supplied by AMS and are 220-240 V,50-60 Hz single phase, A-Series external rotor 

shaded pole type. Their serial numbers are A15055. 

¶ Temperature control box 



 

The Hotrunner UNIC600-01 control box was supplied by Unitemp and the individual controllers 

are Gefran 600 controllers with an accuracy of 0.2 %.FS at an ambient temperature of 25 °C. 

¶ Heating elements 

The heating elements are Incoloy Heating elements and were also supplied by Unitemp. Their 

serial number is UHR-100-08080-500 

The heat exchanger pressure drop, inside and outside heat transfer coefficients were experimentally 

determined and the following equipment was used for this. 

¶ Wind tunnel fan 

The air is drawn through the wind tunnel by a Donkin Manufacturing Co. (Pty) Ltd. Fan. The 

serial number is C1194. 

¶ Variable Speed Drive 

A Yaskawa Varispeed E7 variable speed drive was used to vary the air velocity through the wind 

tunnel. Its serial number is E7C4022. 

¶ Hot water supply tank  

The 1800 L supply tank was heated by the Hall Thermotank boiler. The serial number is 1000022. 

¶ Manometer 

The pressure transducers were calibrated using the Van Essen BETZ Micromanometer. The range 

of the micrometer is 500 mm water and it has a 220 VAC power supply. Its serial number is 

12563. 

¶ Data logger 

The Agilent 34970A DAS was used to scan the data. The part number is 380114. 

¶ Radiator 

A Toyota Smiths radiator was used to heat the incoming air. Its serial number is 16400-OD450-

2133-3204-01. 

¶ Pressure transducers 

The pressure transducers were used to measure the pressure loss across the heat exchanger and 

the nozzle located in the wind tunnel. The serial numbers are USAA6S-JS4HX 

5.2.2 Calibration techniques 

The load cells were calibrated by placing known masses onto them in increasing and decreasing order. 

Three separate calibrations were conducted on separate days. These are displayed in Figure 22. 



 

 

Figure 22 Load cell calibration 

All measured data was then adjusted by the calibration equation 

ά πȢωωρυά πȢππσυ                   (5.1) 

The thermocouples used in the experiments were calibrated by inserting them into the metrology well 

and measuring their temperature using the Agilent Data Logger. The temperatures were then changed 

by an incremental value and from this a calibration curve for each thermocouple was created. An 

example is shown below. 

 

Figure 23 Thermocouple calibration 

Each thermocouple measurement was adjusted according to the equation obtained from the 

calibration similar to the load cell calibration. 

5.2.3 Experimental setups 
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The drying tests were conducted in a 1.5 m long, 1 m high custom built drier that has a drying chamber 

size of 0.5 m × 0.43 m × 0.25 m. The drying chamber has three trays at separate heights. Only a single 

tray was used for the measurement of the material mass. The trays mounting was redesigned so that 

it would rest on a platform attached to the 20 kg load cells. Access to the trays is obtained by a small 

door in the front of the drier. The drier setup is shown in Figure 24. 

The TCU measures temperatures at the positions illustrated by the Ti markers in Figure 24. This is 

then used to control the heating input to the cold airstream and as such maintain the drying chamber 

temperature. The VSC allows air to flow at different velocities. The mass of the product was measured 

via the load cells by the Spider DAS at a sampling rate of 1 Hz and the data saved to the data logger.    
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Figure 24 Drying test setup 

Outside heat transfer coefficients 

To determine the outside heat transfer coefficients, a heat exchanger of similar geometry to the 

separated-HPHE was filled with water from the 2400 L cold water supply tank. The cold water inlet 

temperature was kept constant by passing it through a chiller in the supply line which cooled the 

water to 5 °C. To supply a suitable heat input, the radiator was supplied with hot water from the 1800 

L supply tank. The hot water supply was limited to 80 °C, which limited the correlations to the 

temperature range of 10 °C ï 80 °C. Figure 25 illustrates the water supply line to the experiment 

setup. 



 

 

Figure 25 Cooling and heating water tank systems 

The temperature measurements points for the determination of the outside h-values are illustrated in 

Figure 63. The figure also illustrates the wooden duct that the heat exchanger is installed in and the 

wind tunnel it is attached to. The measurements are as follows: 

Twi  Hot water inlet temperature to the radiator 

Two  Hot water outlet temperature from radiator 

Thpwi  Cold water inlet to thermosyphon-HE 

Thpwo  Cold water outlet from thermosyphon-HE 

Tri   Air inlet temperature to radiator 

Thei  Air i nlet temperature to heat exchanger 

Theo  Air outlet temperature from heat exchanger 

Pheo Air pressure after heat exchanger 

Phei  Air pressure before heat exchanger 

Pa1  Air pressure before nozzle 

Pa2  Air pressure after nozzle 

To minimise inlet losses and to ensure the air flow in the duct is of a uniform profile, the inlet is a 

shaped bellmouth. The air flow is determined by measuring the pressure drop across the elliptical 

nozzles between the perforated plates in the wind tunnel. The corresponding mass flow rate is given 

by 

ά ὅ‰ὣὃ ςὴ ɝὴ
Ȣ

                     (5.2) 



 

For very low Reynolds numbers the nozzle discharge coefficient is at least 0.97, which is close to 

unity and for simplification can be assumed to be unity. The gas expansion factor and the approach 

velocity factor can be given as follows: 

‰ ρ σɝὴȾτὴ ὧȾὧ                       (5.3) 

ὣ ρ πȢυὃ ὃϳ ςὃ ὃϳ ɝὴȾὴ ὧȾὧ           (5.4) 

where for air ὧȾὧ = 1.4, the diameter of the nozzle = 0.23 m, the upstream pressure is known and 

the area of the tunnel, ὃ  = 1.43 m × 1.28 m = 1.83 m2. The outside heat transfer coefficient setup 

is shown Figures 25 and 65.  

Inside heat transfer coefficients and thermal performance 

The separated-HPHE was installed into the modified wooden tunnel duct and wind tunnel system as 

shown in Figures 27 and 64. As depicted in the figures, the evaporator was placed below the 

condenser section and the sections were connected by the vapour riser and liquid down comer tubes. 

To obtain the heat input to the evaporator, the condenser preheats the inlet air and the radiator heats 

the air to the desired evaporator inlet temperature. Thus the setup represents two different fluid 

streams. The cold water supply was not used for this set of experiments. The thermosyphon loops 

were filled to 50 % of the evaporator length. To measure the inside temperatures of the individual 

rows, thermocouples were attached to the walls of the riser and the down comer tubes. The thermal 

resistance of the copper walls are negligible, thus the inside temperature can be estimated by 

measuring the wall temperature.  

 

Figure 26 Experimental setup for determining the outside heat transfer coefficient 
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Figure 27 Experimental setup for determining the inside heat transfer coefficient 

For the separated-HPHE to operate effectively and to prevent refrigerant leakage, each thermosyphon 

loop needs to be vacuum tight. The thermosyphon loops were charged by using a single stage vacuum 

pump and a scale. The charging procedure is as follows: 

¶ The thermosyphons loops respective volumes were calculated and from this an exact amount 

of refrigerant was calculated in kilograms 

¶ The air in the thermosyphon loop is pumped out and the loop is checked for being vacuum 

tight.  

¶ The loop is checked that it holds a vacuum for at least 5 mins.  

¶ The pressurized bottle holding the refrigerant is heated by inserting it in a ht water bath to 

cause a higher pressure in the bottle than in the loop and allow the refrigerant to flow into the 

loop through the Schreader valve 

¶ The mass of the pressurized bottle is measured by the scale as the refrigerant flows into the 

loop 

¶ When the appropriate amount of refrigerant has flowed into the loop, the bottle is closed off. 

The loop is then ñburpedò to allow trace amounts of air to escape 

¶ The bottle and vacuum pump are disconnected and the process is repeated for the next loop  

The charging setup is illustrated in Figure 28. 
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Figure 28 Thermosyphon loop charging setup 

5.2.4 Experimental procedures 

The typical experimental procedures were as follows: 

Drying tests 

i) Set the drying element temperature to the desired drying temperature and allow drier to warm-up 

ii)  Load the drying tray and set the load cell measured values to zero 

iii)  Set the VSC to the lowest flowrate position to turn on the fans 

iv) Measure the mass of the tray as the product loses moisture 

v) Measure the air mass flow rate and temperature to ensure drying conditions stay constant 

vi) Once the material is dried, remove the material, adjust the air flow rate and allow drying 

conditions to stabilise 

vii)  Reload drying tray and repeat steps iv) to vii) 

The drying temperature can then be adjusted and the experiment repeated.  

Outside heat transfer coefficients and pressure loss 

i) Set the hot water inlet temperature and cold water inlet temperature to the desired values 

ii)  Set the VSD of the fan at 20 Hz 

iii)  Measure the hot and cold water inlet and outlet temperatures 

iv) Measure the atmospheric and heat exchanger outlet temperatures 

v) Measure the pressure loss across the heat exchanger and the wind tunnel nozzle 



 

vi) Adjust the VSD to a higher frequency and repeat steps iii ) to vi) 

A test run at the specific hot water temperature is then complete. A new hot water temperature can be 

selected and allowed to stabilise at the new selected value. The procedure can then be repeated. 

Inside heat transfer coefficients and thermal performance 

¶ Set the hot water inlet temperature to the desired value 

¶ Set the VSD of the fan to 20 Hz 

¶ Measure the air temperatures at the inlet and outlet of the condenser, radiator and evaporator 

¶ Measure the temperatures of the refrigerant of all the rows at the top and bottom of the condenser 

and evaporator 

¶ Adjust the VSD to a higher frequency and repeat steps iii) to v) 

The procedure can then be repeated at a different hot water temperature similar to the outside heat 

transfer coefficients.  



 

6 RESULTS 

This section documents the results of all the experimental work done. Where needed, the results are 

compared to theoretical results for validation purposes. The results obtained are split into 

¶ Thermal performance of a separated-HPHRHE ï pressure loss, outside heat transfer 

characteristics and multi-linear regression 

¶ Thermal performance of a separated-HPHRHE ï energy balances, inside heat transfer 

characteristics and multi-linear regression 

¶ Inside temperature distribution of the separated-HPHRHE 

¶ Comparison of the heat exchanger performance with numerical program predictions and 

theoretical correlations 

For ease of reading the multi-linear equations are lumped together before or after the applicable 

figures. 

6.1 Thermal Performance of the Separated-HPHRHE 

A large number of data points was generated by each experiment. These data points were reduced to 

a data set of 90 points. To illustrate that the heat exchanger is working properly and that the 

thermocouples are indeed measuring the correct temperatures, the energy balance between the 

evaporator and condenser sections must lie within a small percentage of each other. 

This subsection describes the predicted results obtained from applying mutli-linear regression 

techniques on the generated data sets. While it is theoretically possible to use a large amount of 

variables to accurately predict the desired property, for practical applications this can be time 

consuming and complex. Thus, only a maximum of two variables with the largest influence were 

chosen to model the desired properties. Sample calculations are given in Appendices A4 and A5. 

6.1.1 Outside heat transfer coefficients and pressure loss 

Figure 29 illustrates the energy balance obtained while testing a heat exchanger that was 

geometrically the same as the units used for the separated-HPHE setup. The conservation of energy 

is deemed satisfactory and thus the obtained results can be used with confidence.  



 

 

Figure 29 Energy balance of the geometrically similar heat exchanger 

For these experiments the heat fluxes typically ranged from 7000 W/m2 ï 30000 W/m2, the air mass 

flow rates ranged from 0.36 kg/s ï 1.2 kg/s and the maximum heat transfer rate reached a value of 

34802 W with an average temperature difference of 27.2 °C across the entire heat exchanger. When 

calculating the outside heat transfer coefficients for each row, it was assumed that the temperature 

profile of both the water and the air across the heat exchanger vary  linearly. Sample calculations are 

shown in Appendix A4 

Figure 30 a) through f) illustrates the predicted outside heat transfer coefficients compared to the 

experimentally obtained outside heat transfer coefficients for each individual row. Figure 30 a) and 

b) show that the all of the predicted values fall within 5 % of the experimental values for the first two 

rows. Figure 30 c) and d) show that for rows three and four 98 % of the predicted values fall within 

8 % and 10 % respectively. The final two rows, as indicated by Figure 30 e) and f), are slightly less 

reliable. For the fifth row 89 % of the values lie within 11 % of the experimental values, while for the 

sixth row, 80 % of the values lie within 15 % of the experimental values.   
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Figure 30 Outside heat transfer coefficients for each row of the geometrically similar heat 

exchanger filled with cold water 

To do a regression analysis, all the possible variables were considered and refined as needed. These 

are listed below: 

Ὤ ὪὙὩȟὖὶȟὨȟὛȟὛȟȣȣ                     (6.1) 

Only dimensionless number should be used in the correlations. The Reynolds number documents the 

air mass flowrate and geometric properties of the heat exchanger while the Prandtl number 

encompasses the air temperature and thus these two variables were used in the multi-linear regression. 

It was also noted that even the addition of several more variables provided a very small improvement 
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in accuracy. Thus only these two variables were considered. The outside heat transfer coefficients for 

each row were determined by as follows: 

Ὑέύ ρȡ Ὤ πȢππρρςὙὩ Ȣ ὖὶ Ȣ     R2 = 0.9947          (6.2) 

Ὑέύ ςȡ Ὤ πȢππςυτὙὩ Ȣ ὖὶ Ȣ  R2 = 0.9884          (6.3) 

Ὑέύ σȡ Ὤ πȢππτφωὙὩ Ȣ ὖὶ Ȣ  R2 = 0.9773          (6.4) 

Ὑέύ τȡ Ὤ πȢππψωφὙὩ Ȣ ὖὶ Ȣ  R2 = 0.9491          (6.5) 

Ὑέύ υȡ Ὤ πȢπρφψὙὩ Ȣ ὖὶ Ȣ  R2 = 0.9947          (6.6) 

Ὑέύ φȡ Ὤ πȢπσφτὙὩ Ȣ ὖὶ Ȣ  R2 = 0.3882           (6.7) 

Figure 30 shows that 92 % of the predicted pressure loss values fall within 8 % of their experimental 

counterparts.  

 

Figure 31 Pressure loss across the HPHE 

Similar to the outside heat transfer coefficients, the pressure loss is also given in terms of the air 

side Reynolds and Prandtl numbers. The obtained correlation is given below: 

Ўὖ ȟ  ρȢςρπτρπὙὩ Ȣ ὖὶ Ȣ  R2 = 0.972         (6.8) 

6.1.2 Inside heat transfer coefficients: R600a 

Figure 32 illustrates that for the separated-HPHE configuration using R600a as the refrigerant, the 

evaporator heat transfer values are up to 13 % higher than the condenser heat transfer values. This is 

deemed acceptable because in a practical application, no WHRU can recover all the heat input and 

the values are within reason. For this set of experiments, the heat fluxes ranged from 1086 W/m2 to 

13825 W/m2 and the maximum heat transfer rate obtained 15968 W at an average temperature 

difference of 38 °C. 

0

200

400

600

800

1000

1200

1400

0 200 400 600 800 1000 1200 1400

ȹ
P

lo
s
s
,p

re
d

ic
te

d(
P

a
)

ȹPloss,experimental(Pa)

-8%

+8%



 

 

Figure 32 Energy balance of the separated-HPHE operating with R600a  

One of the objectives of this study was also to investigate which commercially obtainable refrigerant 

works optimally in the temperature range considered and how their performance is influenced by the 

differences in temperature between the condenser and evaporator section. Figure 33 a) to d) illustrate 

that R600 works effectively with a relatively small temperature difference required between the 

evaporator and condenser sections. 

  

a)  ά  0.374 kg/s b)  ά  0.579 kg/s 

  

c)  ά  0.841 kg/s d)  ά  1.112 kg/s 

Figure 33 The thermal resistance of the separated-HPHE charged with R600a at different mass 

flow rates 
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Figure 34 illustrates the predicted inside heat transfer coefficients compared to the experimental heat 

transfer coefficients for the first three rows. Figure 34 a) and b) show that the 95 % of the predicted 

values fall within 16 % of the experimental values. For row 2, the 95 % of the predicted values fall 

within 20 % and 16 % for the evaporator and condenser respectively. The third rowsô scatter is a 

slightly less accurate, with 90 % of the values falling within 30 % for the evaporator and 95 % of the 

values falling within 25 % for the condenser.  

The comparison between the predicted inside heat transfer coefficient and the experimentally 

obtained heat transfer coefficient are shown in Figure 35 a) through f). For row 4, 95 % of the 

predicted values fall within 20 % and 22 % of the experimental values for the evaporator and 

condenser sections respectively. The evaporator section in row 5 has 95 % of its values inside 22 % 

of the reference line, while the condenser section has its values all within 10 % of the reference line. 

For the evaporator section in row 6, 93 % of the predicted values fall within 12 % within of the 

experimentally obtained values, while for the condenser section 20 % of the predicted values fall 

within 20 % of the experimental values. The equations obtained from the regression analysis are given 

as follows: 

Evaporator 

Ὑέύ ρȡ ρτςφȢσυψωὑόȢ ὐὥȢ   R2 = 0.1662               (6.9) 

Ὑέύ ςȡ τχχφȢφτὑό Ȣ ὐὥȢ   R2 = 0.2641                (6.10) 

Ὑέύ σȡ ςτςωȢωχτὑό Ȣ ὐὥȢ   R2 = 0.3983                (6.11) 

Ὑέύ τȡ ςφρρȢτωὑό Ȣ ὐὥȢ   R2 = 0.5575                (6.12) 

Ὑέύ υȡ σφςȢυπυὑόȢ ὐὥȢ   R2 = 0.5318                 (6.13) 

Ὑέύ φȡ φρȢςυυχὑόȢ ὐὥȢ   R2 = 0.7651                (6.14) 

Condenser 

Ὑέύ ρȡ ωȢτρυὙὩȢ
”
”

Ȣ
  R2 = 0.9824                (6.15) 

Ὑέύ ςȡ ρȢτςυςὙὩȢ
”
”

Ȣ
  R2 = 0.9538               (6.16) 

Ὑέύ σȡ ρπωχȢτφὙὩȢ
”
”

Ȣ
  R2 = 0.9194              (6.17) 

Ὑέύ τȡ ρππρȢςτωωὙὩȢ
”
”

Ȣ
 R2 = 0.9172              (6.18) 

Ὑέύ υȡ φψȢςτφὙὩȢ
”
”

Ȣ
  R2 = 0.9999               (6.19) 

Ὑέύ φȡ ρτσχπȢφφὙὩȢ
”
”

Ȣ
  R2 = 0.9625              (6.20) 

 



 

  

a) Evaporator Row 1 b) Condensor Row 1 

  

c) Evaporator Row 2 d) Condensor Row 2 

  

e) Evaporator Row 3 f) Condensor Row 3 

Figure 34 Inside heat transfer coefficients for the separated-HPHE operating with R600a and 

charged to 50 % of the evaporator length for Row 1-3 
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a) Evaporator Row 4 b) Condensor Row 4 

  

c) Evaporator Row 5 d) Condensor Row 5 

  

e) Evaporator Row 6 f) Condensor Row 6 

Figure 35 Inside heat transfer coefficients for the separated-HPHE operating with R600a and 

charged to 50 % of the evaporator length for Row 4-6 

It is observed that the inside condenser heat transfer coefficients display much more scatter than the 

evaporator inside heat transfer coefficient, which are mostly scattered around a constant value.  
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6.1.3 Inside heat transfer coefficients: R134a 

Figure 36 displays the energy balance for the separated-HPHE with R134a as the refrigerant. The 

evaporator and condenser heat transfer rate values lie within 10 % of each other. This was deemed 

satisfactory for results to be obtained. The heat fluxes for the experiments ranged from 704 W/m2 ï 

9694 W/m2 and the maximum heat transfer rate was obtained as 11763 W at a temperature difference 

of 40 °C. 

 

Figure 36 Energy balance of the separated-HPHE operating with R134a 

The effectiveness as a function of the average evaporator and condenser temperature difference is 

illustrated in Figure 37 a) through d). It can be seen that R134a also works well for low temperature 

differences, as was the case with R600a. 
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a)  ά  0.374 kg/s b)  ά  0.579 kg/s 

  

c)  ά  0.841 kg/s d)  ά  1.112 kg/s 

Figure 37 The effectiveness of the separated-HPHE charged with R134a at different mass flow 

rates 

Figure 38 shows the predicted inside heat transfer coefficients compared to the experimentally 

obtained inside heat transfer coefficients. Figure 38 a) and b) indicate that 90 % of the predicted inside 

heat transfer coefficients fall within 35 % and 10 % for the evaporator and the condenser sections 

respectively. For both rows 2 and 3, 85 % of the predicted values fall within 16 % for the evaporator 

sections while for both of the condenser sections the all of the predicted values lie within 12 % of the 

experimental values. These are shown in Figure 38 c) through f). 

Figure 39 shows the comparison between the predicted inside heat transfer coefficients and the 

experimentally obtained inside heat transfer coefficients. For row 4, 95 % of the predicted values fall 

within 16 % of the reference line value for the evaporator while all of the predicted values fall within 

16 % for the condenser. For row 5, 95 % of the predicted values fall within 14 % and 16 % of the 

experimentally obtained values as depicted in Figure 39 c) and d). For row 6, the predicted values fall 

within 8 % of the experimental values for the evaporator and 92 % of the predicted values fall within 

13 % of the experimentally obtained values. The correlations that were obtained are listed as follow: 

Evaporator 

Ὑέύ ρȡ φσυπȢφωὑό Ȣ ὐὥȢ   R2 = 0.5486               (6.21) 
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Ὑέύ ςȡ υπωȢςχφὑόȢ ὐὥȢ    R2 = 0.2368                (6.22) 

Ὑέύ σȡ ρπψυȢχυωὑόȢ ὐὥȢ   R2 = 0.09502              (6.23) 

Ὑέύ τȡ τχωȢρωρὑόȢ ὐὥȢ       R2 = 0.6541              (6.24) 

Ὑέύ υȡ ςρπȢσφτὑόȢ ὐὥȢ       R2 = 0.6928              (6.25) 

Ὑέύ φȡ ρςπȢπφωὑόȢ ὐὥȢ       R2 = 0.9657             (6.26) 

Condenser 

Ὑέύ ρȡ ρȢωωψσὙὩȢ
”
”

Ȣ
  R2 = 0.9732              (6.27) 

Ὑέύ ςȡ χυχχȢφψὙὩȢ
”
”

Ȣ
   R2 = 0.9789             (6.28) 

Ὑέύ σȡ υȢπςυχὙὩȢ
”
”

Ȣ
  R2 = 0.9787              (6.29) 

Ὑέύ τȡ ρπρȢπρπυὙὩȢ
”
”

Ȣ
  R2 = 0.9718             (6.30) 

Ὑέύ υȡ υτπςȢρσωρὙὩȢ
”
”

Ȣ
 R2 = 0.9797             (6.31) 

Ὑέύ φȡ ρρψωπσȢπτὙὩȢ
”
”

Ȣ
 R2 = 0.9683             (6.32) 

 

 



 

  

a) Evaporator Row 1 b) Condensor Row 1 

  

c) Evaporator Row 2 d) Condensor Row 2 

  

e) Evaporator Row 3 f) Condensor Row 3 

Figure 38 Inside heat transfer coefficients for the separated-HPHE operating with R134a and 

charged to 50 % of the evaporator length for Row 1-3 
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